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1. Introduction

Power transmission and control include the conversion, transmission, and distribution
of power, and the actuating of control in the end implement block; it plays an important
part in the power and the vehicle of machines [1], such as automobile and construction
machinery [2], airplanes [3], and ships. Power transmission and control has also been
widely used in power engineering, such as in wind power generation systems, hydroelectric
power systems, solar power systems, compressed air energy storage systems, hybrid
energy vehicles, geological mining machinery [4], hydrogen energy vehicles [5], and wind
generators [6]. By using advanced sensors and transducers, control theory, modelling
and simulation, and optimization methods, the performances of power transmission and
control systems in power and vehicle machinery can be significantly improved.

This Special Issue focuses on reporting the new achievements in power and vehicle
machines from 2017 to 2018.

2. New Theories and Technological Progresses

In this Special Issue, we have curated a selection of 18 papers that represent cutting-
edge research in the fields of hydraulic and pneumatic system technologies. These papers
highlight innovative approaches to design, analysis, and control strategies, emphasizing
advancements in energy efficiency and precision in industrial applications. When looking
back on previous Special Issues, various topics have been addressed, including hydraulic
system design and control, pneumatic systems and components, and hydraulic and pneu-
matic analysis and optimization. In relation to hydraulic system design and control, the
published papers mainly focus on novel design methodologies and control strategies for hy-
draulic systems. The first paper, authored by Pedro Roquet et al. (contribution 1), provides
a new simplified methodology to evaluate the design specifications of hydraulic compo-
nents, in which the method allows for the definition and establishment of the hydraulic
cylinder design specifications while taking into account the probabilistic characterization
of the load spectrum variability; this method could be extrapolated to other hydraulic or
mechanical components. The second paper is authored by Che-Pin Chen and Mao-Hsiung
Chiang (contribution 2), developed a novel proportional pressure control valve for an
automobile hydraulic braking actuator. In this article, the proposed novel proportional
pressure control valve of an automobile hydraulic braking actuator is implemented and
verified experimentally. The third paper, authored by Haoling Ren et al. (contribution 3),
proposes a novel automatic idle speed control system with a hydraulic accumulator and
control strategy for construction machinery. In order to reduce the energy consumption
and emissions of the hydraulic excavator, a two-level idle speed control system with a
hydraulic accumulator for the construction machinery is proposed to reduce the energy
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consumption and improve the control performance of the actuator when the idle mode is
cancelled. The fourth paper is authored by Qing Guo et al. (contribution 4); a prescribed
performance constraint (PPC) control method is adopted in an electro-hydraulic system
(EHS) to restrict the tracking position error of the cylinder position to a prescribed accuracy
and to guarantee the dynamic and steady position response in a required boundedness
under these uncertain nonlinearities. These papers address critical challenges in enhancing
the reliability and efficiency of hydraulic systems in various applications.

The second category is pneumatic systems and components; the papers in this cat-
egory mainly deal with the development and enhancement of pneumatic systems, high-
performance valves, and actuators. The fifth paper by by Songlin Nie et al. (contribution 5)
focuses on the development of a high-pressure pneumatic on/off valve with high transient
performances directly driven by a voice coil motor; this research will have a significant
effect on raising the performance of the high-speed pneumatic on/off valve and the devel-
opment of pneumatic precision motion control. The sixth paper in this Special Issue, which
is authored by Yeming Zhang et al. (contribution 6), presents a pneumatic rotary actuator
position servo system based on ADE-PD control. The flow state of the gas and the motion
state of the pneumatic rotary actuator in the pneumatic rotary actuator position servo
system are analyzed in this paper. The seventh paper theoretically analyses the flow ripple
of a tandem crescent pump with index angles; it is authored by Hua Zhou (contribution 7)
and presents a theoretical approach for lowering the outlet flow ripple of a crescent pump
by applying a tandem crescent pump consisting of two gear pairs with an index angle
between them. The eighth paper, authored by Fan Yang et al. (contribution 8), proposes a
new method for analyzing the pressure response delay in a pneumatic brake system caused
by the influence of transmission pipes; the study aims to propose an analysis method for
resolving the pressure response of a pneumatic brake circuit considering the effect of a
transmission pipe. The ninth paper, written by Fan Yang et al. (contribution 9), analyzed the
energy efficiency of a pneumatic booster regulator with energy recovery; it discovers that a
recovery chamber helps to improve the performance of the VBA-R, which included a boost
ratio improvement of 15–25% and an efficiency improvement of 5–10% compared with a
conventional VBA booster regulator. The tenth paper carries on an experimental study
on hysteresis characteristics of a pneumatic braking system for a multi-axle heavy vehicle
in emergency braking situations, and it is authored by Zhe Wang et al. (contribution 10).
In the article, the hysteresis of a pneumatic brake system for an eight-axle vehicle in an
emergency braking situation is studied based on a novel test bench. The eleventh paper
investigates the effects of internal EGR by variable exhaust valve actuation with post in-
jection on auto-ignited combustion and emission performance and it is authored by Insu
Cho et al. (contribution 11). The paper discovers that it is possible to efficiently utilize heat
to recompress retardation post injection with a downscaled specification of the exhaust
valve rather than the intake valve. These contributions are pivotal in pushing forward the
operational capabilities and energy efficiency of pneumatic systems.

The third category is hydraulic and pneumatic analysis and optimization, which
includes research focused on analytical models and optimization techniques for both hy-
draulic and pneumatic systems. The 12th paper, written by Dan Jiang et al. (contribution 12),
builds a pressure transient model of water–hydraulic pipelines with cavitation. Different
from the traditional method of characteristics (MOCs), the present model method is ad-
vantageous in terms of its simple and convenient computation. The 13th paper studies the
dimensionless energy conversion characteristics of an air-powered hydraulic vehicle, and
this paper is authored by Dongkai Shen et al. (contribution 13). The research can be referred
to in the performance and design optimization of the HP transformers. The 14th paper in
the Special Issue conducts a performance test and internal flow field simulation of a vortex
pump; it is authored by Ping Tan et al. (contribution 14). It is revealed that for the vortex
pump to have advanced suction and anti-cavitation performance, the lowest pressure in the
pump should be −4 × 104 Pa and it should be located at the centre of the vortex chamber
cavity. The 15th paper models and dynamically analyses the direct operating solenoid
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valve for improving the performance of the shifting control system and it is authored by
Xiangyang Xu et al. (contribution 15). A numerical approach for solving the multi-domain
physical problem of the valve is presented. Moreover, the 16th paper proposed an energy
regeneration hydraulic system via a relief valve with an energy regeneration unit; the
paper is authored by Tianliang Lin et al. [2] and indicates that the proposed structure of
the relief valve with HERU can achieve a better performance and higher regeneration
efficiency. The 17th paper, written by Wei Liu et al. (contribution 16), reviewed inlet/outlet
oil coordinated control for electro-hydraulic power mechanisms under a sustained negative
load and presented the existing problems and future trends in inlet/outlet coordinated
control for an electro-hydraulic power mechanism under sustained negative load. The 18th
paper, authored by Fangwei Ning et al. (contribution 17), reviewed the research progress
of related technologies of electric–pneumatic pressure proportional valves. These studies
provide foundational insights into optimizing component design and operational strategies
for improved performance and sustainability.

Overall, this Special Issue not only highlights the new advances, but also anticipates
the future trajectory for enhancing power transmission and control within power and
vehicle machinery systems from 2017 to 2018. The curated selection of papers significantly
enriches the field’s knowledge base, focusing on hydraulic and pneumatic system advance-
ments. These contributions offer both practical solutions and theoretical insights that are
crucial for refining system integration, thereby fostering more sustainable and efficient
technological developments in power transmission and vehicle machinery.

3. Emerging Technologies and Future Prospects

Although electric transmission achieved great technological progresses in the past
decade [7,8], fluid power transmission and control still has unique advantages in power
machines, construction machinery [1], mining machinery, aircrafts [3], hydro-electric power
machines [9], agricultural machines [10], etc. Currently, hybrid power transmission, energy
management, and new energy sources are being paid great attention in the field of power
transmission and control [11,12]. In the meantime, cybernetic physic systems (CPSs),
artificial intelligence, advanced modelling [13,14] and simulation, advanced control theory,
and digital twin [15] will provide the innovation and development power for fluid power
transmission and control technology.
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Abstract: The fatigue of a hydraulic component inherently varies due to various factors that can
be divided into two categories: structural and load spectrum variability. The effects of both
variabilities must be considered when determining fatigue life. Compared with the structural
variability, determining the variability in the load spectrums is more difficult because the service
conditions are complicated and the measurements of the load parameters are slow and expensive.
The problem that arises when studying the fatigue behaviour of such components is the transferability
of short data samples from real-life load histories, which are application-dependant, to laboratory
test methods. Derived from the experimental background and know-how of the authors, this paper
proposes a methodology that allows the definition and establishment of the hydraulic cylinder design
specificactions, while taking into account the probabilistic characterisation of the load spectrum
variability. This methodology could be extrapolated to other hydraulic or mechanical components.

Keywords: fatigue; pressure trace; pressure spectrum; damage factor; cumulative damage; off-road
mobile machinery; hydraulic components; hydraulic components specifications; laboratory testing

1. Introduction

In this paper, we consider a hydraulic cylinder as a typical hydraulic component.
Hydraulic cylinders obtain their power from pressurised oil. Hydraulic cylinders are frequently found
in equipment and machinery, such as construction equipment (excavators, bull-dozers, and road
graders) and material handling equipment (fork lift trucks, telescopic handlers, and lift gates).
The cylinder is prone to structural problems, such as buckling and fatigue failure. Until recently,
engineers had to choose hydraulic cylinders based on the required pressure range without any
accurate life cycle data, and previous service experience was often an indirect validation of the design
solution. An example of this is the DNVGL-CG-0194 guideline [1]. This class guideline provides the
requirements upon which DNV bases the certification of hydraulic cylinders, including requirements
for documentation, design, manufacturing, and testing.

However, these guidelines are no longer sufficient. The hydraulic components are subject to
complex and random loads, which determine the reliability of the fatigue and the useful life of the
machinery. Therefore, the life reliability must be analytically evaluated to full expected laboratory test
specifications. This paper demonstrates how to define these particular specifications according to real
load histories.

Reliability is a property expressed as the probability that the component will perform its function
without breakdown when operated at a duty cycle and exposed to a specific environment for a given

Appl. Sci. 2018, 8, 1612; doi:10.3390/app8091612 www.mdpi.com/journal/applsci
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period of time. The reliability must be established during the design phase of the system. It is not a
new concept but has created new challenge for hydraulic system designers.

The fatigue of a hydraulic component varies inherently due to various factors that can be divided
into two categories: load spectrum and structural variability. The variability of the load spectrum of
mobile machinery refers to the differences in the pressure history between hydraulic components of
the same type and use. Variability can occur due to differences in machine operator experience, work,
trajectory, and so on. Structural variability refers to the statistical variability inherent in the fatigue
performance of built-up structures, which arises from the variability in manufacturing technologies
and material properties, and is usually quantified by the probability distribution of the fatigue life
under prescribed specifications for laboratory tests.

Generally, the hydraulic cylinder design includes basic and detailed stages. During the basic
design, the principal dimensions of the rod and tube are determined by considering the working
force, speed, and range in terms of yield and buckling. During the detailed design, the dimensions
of the rod notch, ports, welds, tube end, gland, and cushion ring are determined by considering the
fatigue specifications.

Engineering researchers have strived to obtain standard histories that can be applied efficiently to
fatigue analysis as representative of the whole loading process of the target system. The automobile
and aerospace industries have developed standard load-time histories (SLHs) that may be applied to
different structural or mechanical parts of vehicles and airplanes. The acronym SLH is generally used
for standardised load-time histories as well as for standardised load sequences, including load spectra.
An extensive list of such waveforms used in industrial laboratories and research centers together
with their characteristics and the range of application were presented by Heuler and Klätschke [2].
Unfortunately, this type of standardised load-time histories is not available for mobile machinery, both
off-road and agricultural.

In order to assess the fatigue damage of hydraulic components, two different approaches can be
used. If the load time history can be captured and recorded easily by experimental measurements or
numerical simulation, the time domain fatigue damage assessment approach can be applied. In this
approach, all input loading and output stress or strain responses are time-based signals [3–6]. In other
situations, response stress and input loading are preferably expressed as frequency-based signals,
usually in the form of power spectral density (PSD). The frequency domain analysis based on the
so-called spectral approach is popular. This approach provides a solution to the random vibration
fatigue problem, which, in general, is different from our case [7].

Given the aforementioned issues, this paper proposes a methodology that allows the evaluation
and definition of hydraulic cylinder design specificactions, taking into account the probabilistic
characterisation of the load spectrum variability. The method also provides a simple procedure for
the transferability of data from real-life load histories (application-dependant) to laboratory testing
methods. The approach used is based on cycle counting schemes and damage accumulation models,
such as the reservoir count method and the Palmgren-Miner linear damage rule [8]. These schemes
and models are efficient in terms of testing time, effectiveness, and cost.

2. Pressure: Load History and Damage Factor

Our main example for measuring time-load history and then performing statistical analysis is
a front loader. In practice, a long-term load spectrum contains complete load information, but this
is difficult to directly measure due to the restrictions of testing technology, as well as time and
cost. Therefore, obtaining long-term load spectrum information based on short-term data was
necessary. Until now, engineers have used traditional methods to obtain long-term load spectrum data,
basically consisting of multiplying a short-term load spectrum by a constant proportionality coefficient.
The disadvantages of traditional methods are that only the data measured in a finite time are repeated,
extreme loads cannot be measured, and their impact on damage is ignored. Load extrapolation
methods can overcome the above limitations. With the development of statistics and computer
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software, although difficult, it is possible to apply load extrapolation methods. Wang et al. [9] provided
a selection guidance and several load extrapolation methods that can be applied.

In this paper, an approach inspired by traditional methods is presented to overcome these
challenges, consisting of (i) evaluating the damage produced in the hydraulic component for each
short-term spectra (damage factor); (ii) considering each short-term spectra and its damage index as
statistical samples of the total damage produced by complete load information; and (iii) the laboratory
specifications are estimated from the damage factors of different machine tasks, which produce the
same damage the component suffers during its lifespan. For illustrative purposes, two front loader
tasks were considered: loading and transport. Pressure histories (traces) for all hydraulic cylinders can
be obtained by pressure transducers installed in cylinder’s ports.

Current design methods use cycle counting in order to interpret the varying pressure range of
the varying loads. The following two methods are the most commontly applied methods in the field
of fatigue studies: reservoir and rain-flow. In our case, the obtained data (pressure vs. time) from
every pressure trace were treated with the reservoir cycle counting method recommended in EN
13445-3 standard—Unfired pressure vessels Part 3: Design [10]. Also, this algorithm was standardised
according to ASTM E 1049-85, Cycle Counting in Fatigue Analysis [8].

Once the cycles were identified, the damage for all the cycles in the loading history were combined
to obtain the damage for the entire loading history. A number of deterministic damage accumulation
models have been developed since the late 1990, that can be mainly classified into two categories: linear
damage cumulative theories [11] and nonlinear damage cumulative theories [12]. The first models have
some shortcomings: (i) they fail to consider load history; (ii) cumulative damage has no relationship
with load sequence effects; and (iii) effects of load interaction are not taken into account. Therefore, to
address the above-mentioned disadvantages, nonlinear cumulative damage theories were suggested,
which were classified into six groups by Zhu [13]. Although we are aware that the linear method
of mining is non-conservative, it was used because Miner’s rule [14] is probably the simplest and
conceptual cumulative damage model that can be used to didactically explain our approach. Miner’s
rule states that if there are q different pressure levels (with linear damage hypothesis), the fraction of
life consumed (damage) D by exposure to the cycles at the different pressure levels is

q

∑
i=1

ni
Ni

= D (1)

where ni is the number of cycles accumulated at pressure Pi and Ni is the number of cycles to failure at
pressure Pi.

Fatigue damage for an individual cycle is the reciprocal of the fatigue life, Ni Fatigue lives for a
cycle are computed using constant amplitude methods with the appropriate pressure or stress ranges,
mean stresses, and material properties. Damage is then summed for all cycles in the loading history.

What should the damage be at failure? If damage were truly a linear process, the damage at
failure would be equal to 1. In simple two step block loading, a sequence of high amplitude cycles
followed by low amplitude cycles has a damage sum D < 1.0. Similarly, a sequence of low amplitude
cycles followed by high amplitude cycles ha a damage sum D > 1.0. In our case, as the succession of
peaks of low and high amplitude were randomly distributed, we considered that D ~ 1.0.

From the pressure spectrum vs. percent cycles (Figure 1), the step damage for every pressure step
of the spectrum(εi) can be defined as

εi = νiPm
i (2)

where εi is the spectrum relative damage for the ith pressure step of a task, νi is the portion of the task
in unified percentage during the Pi pressure level, m is the material coeficient from Basquin equation
(m = 3 for steel for hydraulic cylinders [10]), Pi is the pressure value assigned to the ith pressure step of
a task, and i is the index that identifies the pressure step number.
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The spectrum relative damage (δk) is defined as the sum of all step damages (εi) for this spectrum

δk = ∑n
1 εi; φk = δk·χk (3)

where k is the index that identifies the task number.

Figure 1. Scheme of load histories sampling and treatment.

Although the spectrum relative damage (δk) provides a quantification of the severity of the kth
task, it does not take into account the loading frequency. The damage factor (φk) is defined as the
multiplication of the relative damage factor (δk) by the frequency of the application pressure cycles,
(χk). This frequency is defined as the number of pressure peaks in a time unit.

At this point, only the damage of one portion of the work performed by the machine was
calculated (task k). Following the steps described above, it was possible to calculate the damage
generated φk to the hydraulic components by the other tasks.

To illustrate the method, Figure 1 shows eight recorded trace samples (j = 8) that represent the
load spectrum variability. From each trace, the pressure spectrum (200 steps are recommended) and
the associated damage factor were calculated [15].

Table 1 and Figure 2 show that the statistical distribution (variability) of the damage factors
for the task k = 1 (loading task) follows a log-normal distribution where F = r−0.3

n+0.4 is the
accumulated frequency.

Table 1. Damage factors for the task k = 1 (loading task).

k j φkj (bar3·min−1·106) F (%) ln (φkj) z

1 8 60.48 8.3 4.10 −1.38
1 5 75.85 20.2 4.33 −0.83
1 3 81.77 32.1 4.40 −0.46
1 6 82.33 44.0 4.41 −0.15
1 1 95.49 56.0 4.56 0.15
1 4 105.09 67.9 4.65 0.46
1 5 110.42 79.8 4.70 0.83
1 7 121.34 91.7 4.80 1.38
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Figure 2. Statistical distribution of damage factor for k = 1 (loading task).

The damage factor statistical distribution for k = 1 (loading task) is

D(log φ1) = N[4.49, 0.25] (4)

Following the same process, the statistical distributions of the other tasks were calculated. For the
task k = 2 (transport task), the following statistical distribution was considered:

D(log φ2) = N[3.0, 0.31] (5)

To estimate the equivalent damage produced in the cylinder during the full life, we worked with
the following data supplied by the machine manufacturer (Table 2).

Table 2. Cylinder data from the machine manufacturer.

k Task T (Hour) πk

1 Loading 3500 0.70
2 Transport 1500 0.30

The equivalent damage factor φeq can be obtained as the sum of the damage factors for all the
tasks weighted by a time factor πk as follows:

φeq = ∑n
1 φkπk (6)

Figure 3 shows the statistical distributions of the damage factors of the two considered tasks, as
well as the statistical distribution of the equivalent damage. This statistical distributio follows the
log-normal type, given that the sum of two (or more) log-normal random variables approaches a
log-normal distribution [16].

D
(
log φeq

)
= N

[
mφeq, sφeq

]
= N

[
∑
k

πkmφk, ∑
k

πk sφk

]
(7)

10



Appl. Sci. 2018, 8, 1612

 
Figure 3. Statistical distribution of damage factors.

3. Pressure Specifications

Commonly, the market defines machine life expectancy using different modes, but always
specifying working hours, such as 5000 h without failures. More often, statistical concepts are
considered, so the life expectancy is expressed as “5000 h β10” [17]. The latter means that when
a sampling of 100 machines are tested over 5000 h, only 10 of them (10%) are expected to fail before
reaching those working hours. Therefore, the damages generated during the useful life of the machine,
when the identified tasks are performed by the machine, cannot generate a failure before the life of the
objective T. This can be stated as

φeqT = ∑n
1 φkπk·T = α and N = αP−m (8)

which is analogous to the Basquin equation. Then,

T ∑n
1 φkπk = α = NeqPm

eq (9)

where α is the Basquin coefficient and Neq is the equivalent number of cycles at a pressure level Peq

under constant amplitude conditions.
The pair of values (Neq, Peq) defines a line in logarithmic coordinates with slope m (for steel m = 3).

From this curve and analogous to what is proposed in standard ISO 13445-3 [9], the curve (Neq, Peq) is
identified by equivalent pressure value corresponding to 2 × 106 cycles, which constitutes the class
curve P∅eq:

P∅eq =

[
1

2·106 Tφeq

] 1
3

(10)

P∅eq values also follow a log-normal distribution,

D
(

log Pφeq

)
= D

[
pφ

]
= N

[
mφeq, sφeq

]
D
(

log Pφeq

)
= N[5.38, 0.085]

(11)

At this step, once the statistical distribution of load is known, according to the desired or accepted
reliability value, the machine manufacturer may define hydraulic cylinder pressure life specification
(laboratory). As an example, if we considered a load reliability of 90%, then (see Figure 4),
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Figure 4. Statistical distribution of P∅eq.

PS = Pφeq(90%)
= 243 bar (12)

The specified pressure PS defines the equivalent damage produced in laboratory test. So, laboratory
test parameters (Peq, Neq) that produce an equivalent damage in the cylinder are any values according
to Equation (13):

NeqP3
eq = 2·106 P3

s (13)

Figure 5 shows that any values of (Peq, Neq) fulfills the specification conditions and produces equal
damage to the cylinder (i.e., 386 bar over 500,000 cycles).

Figure 5. Laboratory test parameters according pressure specifications.

4. Reliability of Hydraulic Component

Once the load variability is defined, the structural variability of the hydraulic component is
considered. Assuming that a hydraulic component manufacturer knows the S–N curves corresponding
to any main possible failure modes and according to its know-how (design and manufacturing
technology), determining the fatigue resistance reliability of a hydraulic component is possible. Figure 6
shows the typical S–N curves and corresponding P–N curves for a specific cylinder geometry for the
same failure mode (F-01) defined by the value of the pressure PD (or stress SD), which correspond to
N = 2 × 106 cycles and nn % of reliability (known as the pressure class nn, or stress class nn of the
curve) [10].
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Figure 6. Typical (left) S–N curves and (right) P–N curves for specific hydrauklic cylinder geometry
for this same failure mode (F-01).

Recalling that fatigue damage due to load conditions is represented by Pφeq, and damage resistance
of the hydraulic cylinder is represented by PD:

D
[
Pφ

]
= N

[
mpφ, spφ

]
(14)

D[PD] = N
[
mpD, spD

]
(15)

Both distributions have PS as a common linkage, which meets the conditions

p
[
Ppφ ≤ PS

]
= Rφ and p[PD ≤ PS] = RD (16)

Any cylinder with a resistance PD may be mounted in a machine with any of the loads Pφ.
The condition for the cylinder to resist is set by the resistance that is superior to the load (see Figure 7).

y = pD − pφ > 0 (17)

 
(a) (b) 

Figure 7. Cylinder mounted in a machine with any of the loads: (a) Load variability and structural
variability functions; (b) At the end of the life will not fail more than β % of cylinders.

The variable y follows a normal distribution:

D[y] = N
[
my, sy

]
(18)

where
my = mpD − mpφ

sy =
√

s2
pD + s2

pφ
(19)

13



Appl. Sci. 2018, 8, 1612

fulfilling

RA = p
[

z ≥ my

sy

]
(20)

The design data is β = (1 − RA), which means “at the end of the life (desired) will not fail more
than β% of cylinders”.

If we consider
ks =

sp∅

spD
(21)

then,
my

sy
=

−zpD + zpφspφ√
s2

pD + s2
pφ

=
−zpD + kszpφ√

1 + k2
s

(22)

Equation (22) allows us to estimate the life expectancy, defined by reliability RA, (or the design
data β) as a function of load spectrum variability (defined by the reliability, Rφ), resistance variability
of the hydraulic component (defined by the reliability, RD) and standard deviation ratio, ks. In practice,
the load standard deviation (spφ) is known according the proposed approach, but the resistance
standard deviation of the hydraulic cylinder (spD) and consequently, the value of the ratio ks cannot be
known at the design stage because, sometimes, the selected cylinder manufacturer is still not known.
In Table 3, RD values have been tabulated applying Equation (22), see diagram Figure 8, for values
within the following ranges: 50% ≤ Rφ ≤ 95%, 3% ≤ β ≤ 10%, and 0.25 ≤ ks ≤ 2.

Table 3. Values of hydraulic cylinder resistance reliability RD.

Rφ (%) B (%) ks 0.25 ks 0.65 ks 0.85 ks 1 ks 1.5 ks 2

50 3 98 99 99 100
50 5 96 98 98 99 100
50 10 91 94 95 97 99 100
80 3 96 96 97 97 99 100
80 5 93 92 93 93 96 98
80 10 87 84 83 83 85 88
85 3 96 95 95 96 98 99
85 5 92 90 90 90 92 95
85 10 86 80 79 78 78 79
90 3 96 93 93 93 95 97
90 5 92 87 86 85 85 87
90 10 84 76 72 70 65 62
95 3 95 90 88 87 86 86
95 5 90 81 78 75 69 65
95 10 82 68 61 57 44 34

 

Figure 8. Scheme to calculate the required resistance reliability (RD).
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Let’s see an example, to satisfy the specifications indicated in Section 3. If β = 10%,
(equivalent RA = 90%) and admitting that the load reliability is Rφ = 90%, Table 3 allows infering that
it must demand a hydraulic cylinder resistance variability larger than 84% (for the assumption that ks

= 0.25) or larger than 62% (for the assumption that ks = 2). Adopting a conservative position, it leads to
demand a minimum resistance reliability of the hydraulic cylinder RD = 85%.

5. Conclusions

Reliability assessment in fatigue failures is a difficult problem: the structural area due to the
large scatter in fatigue life and the load history due to highly varying machine user profiles. On one
hand, an assessment procedure must therefore be simple enough to be able to quantify vague input
information; on the other hand, it must be sophisticated enough to be a useful engineering tool
for improvements.

Earlier models of fatigue damage accumulation reported in literature focus on deterministic
nature of the process whereas in practice, damage accumulation is of stochastic nature. The main
differences in the present method compared to the reported ones are [3,12] that (i) it uses random
variables to include the stochasticity in both external loadings and material properties and (ii) the
quality of the hydraulic component is represented by the reliability values.

In literature, some similar approaches to the probabilistic damage accumulation paradigm can
be found. Shen et al. [18] developed a probabilistic distribution model of stochastic fatigue damage,
wherein they have considered the randomness of loading process as well as the randomness of
fatigue resistance of material by introducing a random variable of single cycle fatigue damage.
Liu and Mahadevan [19] proposed a general methodology for stochastic fatigue life under variable
amplitude loading by combining a nonlinear fatigue damage accumulation rule and stochastic S–N
curve representation technique. These models are conceptually in the vein of the approach presented
in this work. Nevertheless they are more complex and none of them explained how to define the
specifications of a component based on the required reliability or a specific algorithm for component
reliability prediction.

The major limitation of our approach is that it treats damage accumulation as linear phenomenon
(both laboratory and fields tests). It is known that the application of Miner’s rule for variable amplitude
life calculation is erroneous. Its effect is weak, specially for typical random loading [20]. However, as
cumulative calculations with such values result only in an estimated fatigue life, they still contain a
certain risk due to possible lower real damage sums. Therefore, in the case of safety-critical components,
which must never fail, an experimental verification is recommended [21,22].

The methodology presented in this work allows, not only the determination of the hydraulic
cylinder pressure specifications for laboratory tests, but also provides a simple and quick method to
select a hydraulic cylinder since there is a continuous need to improve the durability requirements of
the hydraulics components, making them more correlated to the actual customer needs. The potential
here is to differentiate the requirements, for example, allowing the offer of a light-weight hydraulic
component for specific demanding applications.
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Nomenclature

D fraction of life consumed (damage)
F accumulate frequency
j trace samples
m material coefficient from Basquin equation
ni number of cycles accumulated at pressure Pi
Neq equivalent number of cycles to failure at pressure Peq

Ni number of cycles to failure at pressure Pi
PD damage resistance of the hydraulic cylinder
Pi pressure level assigned to the ith pressure step of a task
PS equivalent damage produced in laboratory test
Pφ loads
Pφeq fatigue damage due to load conditions
RA life expectancy reliability
RD resistance reliability
Rφ load reliability
spφ load standard deviation
spD resistance standard deviation of the hydraulic cylinder
SD stress
T life objective
z standard normal variable

Greek Symbols

α Basquin coefficient
β live expectancy
δi spectrum relative damage
δk relative damage factor
εi step damage for every pressure step of the spectrum
πk time factor
χk frequency of the application pressure cycles
feq equivalent damage factor
fk damage factor
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Abstract: This research developed a novel proportional pressure control valve for an automobile
hydraulic braking actuator. It also analyzed and simulated solenoid force of the control valves, and the
pressure relief capability test of electromagnetic thrust with the proportional valve body. Considering
the high controllability and ease of production, the driver of this proportional valve was designed
with a small volume and powerful solenoid force to control braking pressure and flow. Since the
proportional valve can have closed-loop control, the proportional valve can replace a conventional
solenoid valve in current brake actuators. With the proportional valve controlling braking and
pressure relief mode, it can narrow the space of hydraulic braking actuator, and precisely control
braking force to achieve safety objectives. Finally, the proposed novel proportional pressure control
valve of an automobile hydraulic braking actuator was implemented and verified experimentally.

Keywords: hydraulic braking actuator; proportional pressure control valve; anti-lock braking system;
proportional electro-hydraulic brake

1. Introduction

To provide safer and more comfortable driving conditions for motorists, the anti-lock braking
system (ABS) is currently basic equipment for automobiles. This system achieves improved control
capability by connecting the electro-hydraulic brake (EHB) between master cylinder and wheel cylinder.
As ABS starts to work, the hydraulic pressure (braking force) within the tire calipers is controlled by
four groups of solenoid valves (inlet/outlet valve). Furthermore, there are three patterns of pressure
variation, namely pressure increase, pressure holding, and pressure decrease [1–4]. The hydraulic
circuit of an EHB actuator is shown in Figure 1 [5].

The braking capability of automobiles relies on characteristics of the tires, which are the only
contact with the ground. The main factor determining this capability is the slip ratio of the tires and
ground, defined as slip.

S =
Vv − Vw

Vv
(1)

where S is the slip, Vv is the vehicle speed, and Vw is the wheel speed.
When the slip is between 0.1 and 0.3, the braking action is most effective, and, if the slip is zero,

the wheels are operating with no resistance. However, when slip is more than 0.3, the braking force
may be reduced. The tires are completely locked when slip is 1, and the wheels would slide along the
pavement [6–11]. The results are shown in Figure 2 [12].

An ABS braking system can prevent the improper sliding of tires and it has three functions:

(1) When encountering an obstacle or any road conditions, it can be actuated by the steering wheel
to obtain suitable tracking performance.

Appl. Sci. 2018, 8, 639; doi:10.3390/app8040639 www.mdpi.com/journal/applsci
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(2) It can avoid excessive braking effects that can cause uncontrolled steering (if the front wheels are
locked) or drifting (if the rear wheels are locked)

(3) The electronic control braking effects can shorten the stopping distance.

Inlet Valve

Outlet Valve

Accumulator

Pump

Orfice

Check
Valve

Wheel Cylinder

Master Cylinder
EHB 

Actuator

M Motor

 

Figure 1. Hydraulic circuit of EHB actuator between master cylinder and wheel cylinder.

Sμ
H
F

μ HFμ

Sμ

Figure 2. Relationship between wheels and pavement.

The general ABS drives the solenoid valve when it detects that the wheels are locked, and it
operates the slip control in an on–off mode to release the calipers’ pressure. Traditional solenoid valve
patterns can only adjust the calipers’ pressure through a fully open or closed valve port and have no
accurate control for slip, so they cannot provided highly effective braking. However, an accident can
occur when the ABS is actuating and high frequency vibration from the pedal make the driver panic
and then release the pedal. To develop a brake actuator that uses a new pattern, and also considering
the market differentiation and product performance, for the first time, a proportional pressure control
valve was used for ABS to replace two solenoid valves. To improve the disadvantages of solenoid
valve and achieve better slip control, the pressure to be released as determined by the corresponding
input current and electromagnetic force. To improve braking quality, it can effectively control the
calipers’ pressure and then decide the appropriate braking force due to the stability of pressure release
control, and no pressure oscillations are generated, as with a solenoid valve. A single proportional
valve for each of the four wheels was substituted for the original two solenoid valves for each wheel.
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This reduces the cost and space requirements compared to the traditional EHB configuration. Figure 3
shows the novel hydraulic circuit for a proportional electro-hydraulic brake (PEHB) actuator.

Figure 3. Proposed hydraulic circuit with a PEHB actuator.

This research focused on the configuration design of the proportional electromagnet within the
proportional valve, and its main function is to drive the armature. The development process was
divided into three stages:

(1) Firstly, using electromagnetic theory and mathematical calculations, parameters of the new cone
proportional electromagnet were analyzed, and then the electromagnet force using a simulation
program was estimated.

(2) Secondly, according to the configuration design (post-analysis), the production and electromagnet
force test were completed.

(3) Thirdly, the proportional valve was tested, and its relief pressure control capability for ABS
control applications of the PEHB actuator was confirmed.

2. Analysis of Proportional Solenoid Force

The principles of proportional valve operation are as follows. The proportional solenoid
configuration (increase brass ring) can produce a horizontal solenoid force working zone which
is not related to the stroke. When different currents are input, the solenoid force balances the oil
pressure and the spring force. Base and armature attract each other by coil excitation, and the required
stroke can be generated to drive the shuttle shaft to open the valve. Configuration of the proportional
pressure valve is shown in Figure 4 [13]. This gives it two advantages: a closed-loop control (compared
to the solenoid valve) and lower cost (compared to the servo valve). Figure 5 shows the axial force
(Fa) of the base (flux path 1) and the radial force (Fr) of the flange (flux path 2) work with each other
in specific section so that the solenoid force is equal to their sum. Therefore, the solenoid force is
unrelated to the working stroke, which is why the linear proportional valve zone is formed. Therefore,
the proportional electromagnet can be directly controlled, and the solenoid force depends on the
operating current in the linear zone.
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Figure 4. Configuration of proportional pressure control valve for PEHB actuator.

 
(a)       (b) 

Figure 5. Relation between solenoid force and stroke: (a) form of force; and (b) flux path mode.

2.1. Permeance of Air Gaps

When the electromagnetic coil is energized, the energy can generate a magnetic field. Thus, there
will be a group of closed magnetic circuits around the coils within the proportional solenoid, and the
magnetic field intensity changes with the armature position. Lastly, it drives the armature to move
according to the high magnetic energy. The basic proportional electromagnet is shown in Figure 6.
Simplifying the six types of magnetic path can be the basis for subsequent calculations [14,15], as
shown in Table 1. Here, μ0 represents the permeability of air, g represents the air gap, r represents the
armature radius, h represents the right side distance between armature and brass ring, t represents the
thickness of brass ring, and w represents the distance from base to brass ring.

Figure 6. Simplification of the six types of magnetic path.
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Table 1. The air gaps flux path model calculations.

Flux Path Model Mean Path Length Permeance (P)

I g 2πμ0h
g (r + g

2 )

II 1.22g 3.315μ0(r +
g
2 )

III 1.22g 3.315μ0(r +
g
2 )

IV
√

g(g + t) 4μ0(r +
√

g(g + t)) ln( g+t
g )

V
√

g(g + r) 4μ0(r + g −√
g(g + r)) ln( g+r

g )

VI w μ0π
w (r + g − 2w

π )
2

2.2. Permeability of Air of the Proportional Electromagnet

For ease of construction, the metal cone replaces the traditional brass ring in this study (when the
taper angle is zero, it becomes the traditional shape, and the difference between armature and base
diameter is the air gap) [16]. The magnetic field lines pass in and out of the coil along the closed path
and they have the same physical characteristics with current and resistance. Then, the magnetic flux
moves toward the minimum reluctance. When the metals are magnetic and in contact with each other,
the magnetic field lines are distributed on the surface of the metals and the air gap permeance can be
ignored. When the metals are not in contact with each other, the magnetic field lines are forced to be in
and out the air gaps and the directions are both vertical to the metal surface following the shortest
path and minimum reluctance.

According to the proportional electromagnetic configuration of this study, the air-gap zones
located at both ends of the armature are PA1–PA6 and PA7–PA9. Around the front end gap, magnetism
exists between base and armature, and the direction of flow is from base to armature. An enlarged view
of this is shown in Figure 7. In Figure 7a, range CFHG represents Path Mode VI, and range DLMN
represents Path Mode I. In Figure 7b, range ABCD represents Path Mode IV, and range AND represents
Path Mode III. In Figure 7c, range MPQR represents Path Mode V, and range LMP represents Path
Mode II.

For derivation of the rear end gap, magnetism is the same as front end gap, but the direction of
flow is from armature to coil base. An enlarged view is shown in Figure 7d. Permeance PA7 represents
Path Mode I, permeance PA8 represents Path Mode II, and permeance PA9 represents Path Mode V.

The permeance is the reciprocal of the reluctance (R), and the reluctance physical characteristics
are similar to the resistance. Shorter paths or larger cross-sectional areas produce smaller reluctance,
easier flow and better permeability of the zone. The permeance is represented by parameters, such as
path length and cross-sectional area. In Figure 7a, variable x represents the armature displacement,
and the definition of size of proportional electromagnet is shown in Figure 8. The results are shown in
Table 2.

    
(a) (b) (c) (d) 

Figure 7. Air gaps magnetic flux path: (a–c) front end; and (d) rear end.
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Figure 8. Definition of size for the proportional electromagnet.

2.3. Equivalent Permeance of Air Gaps

The front end equivalent permeance can be obtained after series connection, as shown in
Equation (2) and Table 2. It is obtained the same way as the rear end gap, as shown in Equation (3).
The proportional electromagnet in this study is designed as a modular configuration, so the
non-magnetic material is used to attach the base and the armature acts as a guide tube. Because
the permeability coefficient of non-magnetic material is similar to that of air, it is considered in the
formula for the air gap zone. The permeance results are shown in Equation (4). The total equivalent
permeance of the air gap zone can be calculated using Equations (2)–(4). The series connection is
shown in Equation (5).

Pair1 = PA1 + PA2 + PA3 + PA4 + PA5 + PA6 (2)

Pair2 = PA7 + PA8 + PA9 (3)

Pair3 =
πu0(RB2 + RS1)LS1LS3

(LS1 + LS3)t f it
(4)

Pair = (P−1
air1 + P−1

air2 + P−1
air3)

−1
(5)

Table 2. Permeance of air gaps in the proportional electromagnet.

Permeance Mean Path Area Mean Path Length (li) Equation (PAi)

PA1 CFHG x + x0 uA1/l1
PA2 DLMN x sin α uA2/l2
PA3 ABCD

√
O1D · min

(
O1C, O1X

) 4u0P31P32

PA4 ADN — 3.315u0(Rm1 + (O1D · cos α)/2)
PA5 MPQR

√
O2 M · min(O2R, O2Y) 4u0P51P52

PA6 LMP — 3.315u0[RO2 + (O2 M cos α)/2]
PA7 — g 2πu0

g (RM2 +
g
2 ) · min(LS3, LP7)

PA8 — — 3.315u0(RM2 + g/2) · K8
PA9 —

√
g · R9o 4u0(RB2 − l9) ln R9o

g

2.4. Permeance of Metal Zone Calculation

As mentioned above, when the proportional electromagnet is energized, it forms a closed
magnetic field and the simplified magnetic flux (Φ) path of the metal zone is shown in Figure 9.
Areas with different amperage (NI) will lead to different magnetic field intensity (H). Furthermore,
the magnetomotive force (Fsum) and magnetic flux density (B) exist within the metal.
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The permeability coefficient of metal is a non-constant, so there is a nonlinear correspondence
between its H and B. When the magnetic flux density is higher than a specific value, it will lead to
magnetic saturation, so the magnetic flux density may not increase even though the magnetic field is
strengthened. The magnetic field intensity could be obtained by the correspondence with magnetic
flux density through the material B-H curves, and the results are shown in Table 3.

Figure 9. Magnetic flux path of the metal zone.

Table 3. Permeance parameter of metal zone.

i Mean Path Area (Ai) Mean Path Length (li) PSi

1 2π tsRso LS2 + (LS1 + LS3)/2 uS A1/l1
2 π(Rsi + Rso + ts/2) · LS1 Rso + ts/2 uS A2/l2
3 π(RB2 + RMO) · LB1 RB2 − (RM2 + RM0)/2 uS A3/l3
4 π(R2

B2 − R2
MO) LB1/2 uS A4/l4

5 π(R2
M2 − R2

MO) LM uS A5/l5
6 π(Rsi + Rso + ts/2) · LS3 LS2 + (LS1 + LS3)/2 uS A6/l6

When it is energized, the proportional electromagnet forms a closed magnetic circuit and the
inside paths are connected in series. Therefore, the magnetic flux is the same and the magnetomotive
force of each metal zone is obtained by magnetic flux multiplied by the reciprocal of permeance.
The magnetic flux density of metal material is obtained by calculating the magnetic flux and then
corresponding to the magnetic field intensity to allocate the magnetomotive force of metal and air
gaps. The equivalent permeance of the metal zone within the proportional electromagnet is shown in
Equation (6).

Psteel = R−1
steel = (

6

∑
i=1

RSi)

−1

= (
6

∑
i=1

P−1
Si )

−1

(6)

2.5. Solenoid Force of Proportional Electromagnet

The total permeance of the proportional electromagnet is the reciprocal of the total reluctance,
shown in Equation (7). It can be obtained by the series connection of air gaps and metal zones. When
magnetomotive force exists, the magnetomotive force of air gaps can be obtained by the permeance
and magnetic flux, and it varies with the armature position, as shown in Equation (8). Due to material
properties, the magnetomotive force of metal zones is determined by the magnetic field intensity, as
shown in Equation (9), although the permeability of steel (uSi) cannot be obtained in advance. When
the magnetic flux is obtained, the magnetic field intensity corresponds with the B-H curves. Then, the
magnetomotive force can be calculated.

Psum = R−1
sum = [P−1

air + P−1
steel ]

−1
= PairPsteel/(Pair + Psteel) (7)

24



Appl. Sci. 2018, 8, 639

Fair = ΦRair = ΦPair
−1 (8)

Fsteel = ∑6
j=1 Hjlj = ∑6

j=1

Bj

usi
lj = ∑6

j=1
Φ

usi Aj
lj (9)

NI = Fsum = Fair + Fsteel (10)

In terms of the armature solenoid force, the input energy can be converted into magnetic energy
and mechanical energy according to the conservation of energy, as shown in Equation (11). The current
and the metal permeance are unrelated to armature displacement. When the stable current is
input, the differential value of some items is zero. It can be derived from the principle of virtual
work (W). The armature thrust can be obtained by the magnetic flux and permeance of gap zones
and its derivation, as shown in Equation (12). A negative sign indicates the opposite direction of
displacement force.

W =
1
2

Φ2Rair =
1
2

Φ2Pair
−1 (11)

Fem = ∂W
∂x = −Φ2

2 · d
dx (P−1

air1 + P−1
air2 + P−1

air3)

= −Φ2

2 · [P−2
air1

d
dx Pair1 + P−2

air2
d

dx Pair2 + P−2
air3

d
dx Pair3]

(12)

As mentioned above, the armature solenoid force can be obtained by the magnetic flux and
air gap parameter of Equations (2)–(4). The magnetic flux is an unknown input parameter since it
has a nonlinear relationship with the input current, and it is obtained by the calculation program.
The database of magnetic flux and magnetomotive force should be created, the actual magnetic flux is
obtained through the input current. Then, the proportional solenoid force, as derived from Equation
(11), is entered into Equation (12).

3. Design and Simulation of Solenoid Force

3.1. Configuration Parameter Design

After the excitation of two materials, mutual attraction is generated and the attraction may be
greatly attenuated with the separation distance. The reluctance of air gap is reduced when the two
materials are close to each other, as shown in Equation (12). Most air gap reluctance increases with
armature away from the base, but PA3 is the opposite. In a particular path, the total reluctance of the
proportional electromagnet is constant, so that the armature thrust must remain stable and would not
change with the displacement.

Therefore, the design of parameters needs to focus on the permeance change of PA3 and PA1.
Considering the collocation with each other, the optimized configuration of proportional electromagnet
was completed. The following is a brief description of how some important parameters influence the
electromagnetic force.

3.1.1. Base Flange

The base flange (LB2 − LB1) mainly influences the parameters of the front end air gap. A shorter
cone zone gives better permeance of air gap, and the permeability also increases. Therefore, the
solenoid force is enhanced, and the horizontal becomes worse. The configuration boils down to the
general electromagnet when there is no cone zone. The design is generally determined by the working
stroke, so the stroke of the proportional valve must be within 1 mm. To avoid a strong magnetic
attraction starting zone, a dimension of 1.5 mm for the product finally was taken as the design value.
The simulation results are shown in Figure 10.
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Figure 10. Simulation results of base flange.

3.1.2. Taper Angle

With the taper angle (α), the size of configuration greatly influences the permeance of the front
end air gap, and it is the most important parameter determining the electromagnetic force. When
the taper angle decreases, PA2 and PA4 may relatively increase, and PA3 changes with it. Therefore,
the angle is reduced and the electromagnetic force clearly increases away from the armature (the trend
of change is determined according to the rate of change of parameters P31 and P32). Using a wide angle
can achieve a better horizontal dimension of the control zone, but the electromagnetic force is relatively
weak. Finally, seven degrees was adopted as the design value for the product size, and simulation
results are shown in Figure 11.

Figure 11. Simulation results for the taper angle.

3.1.3. Air Gap

To achieve a small volume but large thrust, the combination is better with smaller gap, thinner
guide tube of proportional electromagnet, and smaller air gap between armature and base. Considering
the actual needs of processing, the assembly was given a 0.1 mm air gap (g), 0.35 mm of guide tube (t f it),
and 0.1 mm of unilateral radius difference (RM1 − RB1) between armature and base. The simulation
results are shown in Figures 12 and 13.

For the simulation parameters, the gap between armature and base bottom diameter is the critical
dimension because it directly affects the characteristic of thrust curve. When the difference between
armature and base is close to zero, it can achieve better performance. To prevent the armature diameter
from being bigger than the base and then generating interference, a diameter of 6.8 mm for the armature
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was used in the final design. The displacement cannot influence the guide tube thickness and assembly
air gap, so the thrust curve will not change. The simulation results are shown in Figure 14.

Figure 12. Simulation results for the guide tube.

Figure 13. Simulation results for the air gap.

Figure 14. Simulation results for the armature diameter.
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3.1.4. Parameter Design Results

Through the analysis of simulation results, detailed parameters such as base flange, taper angle,
guide tube, air gap, and armature diameter were determined to obtain smooth, long-stroke, and
large-thrust horizontal control zone. The relevant parameters are summarized and compared in
Table 4.

Table 4. The relevant parameters are summarized and compared.

Feature

Parameter
Location (Figure 8) Design Size Thrust (N) Size V.S. Thrust

base flange LB2 − LB1 1.5 mm 31 Size ↑, Thrust ↓
taper angle α 70 31 Angle ↑, Thrust ↑
guide tube t f it 0.35 mm 31 Size ↑, Thrust ↓

air gap g 0.1 mm 32 Size ↑, Thrust ↓
armature diameter RM2 − RM0 6.8 mm 32 Size ↑, Thrust ↑

3.2. Simulation and Test Results of Armature Force

Using three different armature materials for the electromagnet and armature material, hysteresis
tests are shown in Figure 15. After magnetic annealing, materials have a higher B-H. SUS 430 steel is
easier to achieve magnetic saturation, and SUM 24L steel has higher magnetic flux (large slope). Thus,
SUM 24L steel has a higher thrust curve and is suitable for the proportional electromagnet material.

Figure 16 shows the configuration of the proportional valve solenoid force test. The PC-based
control unit is composed of the experimental software, a load cell, a digital controller, a steeper motor,
and a proportional valve. Thus, the stepping motor pulls the proportional valve inside the armature
to move, and the relationship between the solenoid force and the stroke of the armature at different
voltages (8 V, 10 V, and 12 V) can be observed.

Figure 17 shows solenoid force simulation and test results. The solenoid force is proportional
to the linear relationship by using SUM 24L steel (magnetic annealing) for the armature, magnetic
base, and three different input voltages. The solenoid force required for the proportional valve is
30 N. When 12 V voltages is input, the horizontal control zone can reach 30 N for achieving the
expected full pressure relief function. However, when the stroke is over 1.5 mm, the force is not
completely decreased rapidly and the simulation value is different. It is possible that the test results
were influenced by an electromagnetic leakage, and the future control zone should be set at a stroke
from 0.7 mm to 1.5 mm to avoid non-horizontal control zone.

Figure 15. B-H curves of material.
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(a) 

 
(b) 

Figure 16. Configuration of the proportional valve solenoid force test: (a) test rig; and (b) structure.

Figure 17. Simulation and test results for the proportional valve solenoid force.

4. Design and Test of Proportional Valve

4.1. Design of the Proportional Valve Body

A proportional pressure control valve is composed of the proportional electromagnet set and
valve body set, which comprises a magnetic armature, spool valve, housing, and needle valve seat.
The design is shown in Figure 18. The outlet and inlet Pcal are connected, and they both have connection
calipers. Although the valve body has four ports, it is three-port and two-position structure.

Through the shuttle shaft operation, the needle valve port must be closed, and it allows no
internal leakage when there is no actuation. With the cone design, the check valve within the shuttle
shaft is a safety device. If the needle valve malfunctions, the shuttle shaft cannot be returned to the
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original position, but the caliper pressure can still be relieved through the check valve. If the spring
pre-pressuring is ignored, the shuttle shaft force equation is as follows:

Fm = Fem + Fcal (13)

In addition Fm = Pm ∗ Asp, Fcal = Pcal ∗ (Asp − Aol).
Substituting Equation (13),

Pcal = (Fm − Fem)/(Asp − Aol) (14)

Where Fm is the master cylinder pressure acting on the shuttle shaft force; Fem is the proportional
solenoid force; Fcal is the caliper chamber pressure acting on the shuttle shaft force;Pm is the master
cylinder pressure; Pcal is the caliper pressure; Asp is the spool valve cross-sectional area; and Aol is the
needle valve hole cross-sectional area.

Pcal

Pm

Fca

Fm

Fem

Pcal

Figure 18. Proportional valve body construction and fluid force.

Assuming that the master cylinder pressure (Pm) is 172 bars, the general ABS specifications must
reduce the calipers pressure (Pcal) to 69 bars or less. The spool shaft diameter is 1.8 mm, the proportional
solenoid force is about 3.0 kgf, and the needle valve hole and calipers hole are 0.6 mm. The spool valve
is fully closed when it moves 0.6 mm. Then, substituting values into Equation (14), the pressure relief
value is calculated and the design meets requirements.

Regarding the rated flow calculation [17], the master cylinder pressure must remain constant.
The pressure Pc which is flowing through the spool valve is the supply pressure for the brake calipers
with flow rate Qc. The valve orifice area Ac may vary with the displacement changes of shuttle shaft.
Pressure Pr flows through the needle valve with flow rate Qr, and the needle valve orifice area is Ar.
The equation which the spool valve port and the needle valve port flow through is as follows.

Pcal =
( 172∗π∗0.182

4 − 3.0)
π
4 (0.182 − 0.062)

= 60.8 bars

Qc = Cd Ac

√
2(Pm − Pc)

ρ
(15)

Qr = Cd Ar

√
2(Pc − Pr)

ρ
(16)

The opening size of spool valve port and needle valve port are in a relation of mutual growth and
decline. The maximum flow rate probably occurs when the two vale ports are in half-open position,
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which means the stroke is in the 0.3 mm position. The relationship of pressure is Pm − Pc = Pc − Pr and
Pr is close to zero. Thus, Pc is approximately a half of Pm. In the steady state, Qc = Qr, the maximum
flow rate could be obtained by estimating the flow of spool valve. The half-open cross-sectional area of
spool valve is as follows.

Ac =
1
2
(

π(0.06)2

4
) = 0.001413 cm2

Substituting Equation (15),

Qc = 0.7 ∗ 0.001413 ∗ 100 ∗
√

2∗(172−86)∗105

1000
= 13 cm3/ sec = 0.78 l/min

4.2. Single Proportional Valve Test

This test is to confirm that the proportional solenoid energy is powerful enough to achieve the
desired pressure relief of the proportional valve and that it could be used to control the brake calipers.
When the input voltage is different, the armature can obtain a corresponding magnetic attraction
and then drive the valve port to open. The single proportional valve test rig is shown in Figure 19a.
To confirm the ability of relief, the high pressure of input port is compared with the pressure on the
caliper port.

The experimental procedure of the proportional valve system is described and shown in Figure 19b.
The system circuit is pressurized to 175 bars with a hand pump. The PC-based control unit includes
an experimental software program, a pressure sensor, an AD/DA interface card and a PWM drive
circuit. The control signals are computed in the PC-based control unit, and that drives the proportional
valve via an AD/DA interface card and a PWM drive circuit with the sampling time of 1 ms. Thus, the
solenoid force pulls the proportional valve inside the armature to move and the relationship between
the command and the pressure on the calipers port at preloading (175 bars). The testing order is mainly
step wave and triangular wave command-based since the step wave could confirm the reaction time,
and the triangle wave could confirm the follow state and linearity.

To verify the pressure relief performance of proportional valves, the single proportional valve
must be tested to confirm the pressure relief function and facilitate the ABS wheel configuration
design. Because the braking force is related to the brake pedal or handle brake of drivers, the caliper
chamber pressure at each brake condition is tested with dissimilar initial pressures. In addition, the
proportional solenoid is applied with 10 V to drive the single proportional valve for the maximum
pressure relief test.

Figure 20 shows the triangular wave command relief test results. When the power supplies 12 V
(vehicle voltage), the proportional solenoid is not actuated at command 2.5 V or less, and the pressure
drop is 130 bars above 10 V. The pressure drop between 2.5 V to 10 V is linear, and the relationship
between voltage and pressure drop can be derived as 17.3 bars/V. The caliper pressure follows the
command well and linearly, and the pressure does not have vibration when the valve is fully open.
The solenoid force calculated as a result of the experiment is as follows:

( 175∗π∗0.182

4 − Fem)
π
4 (0.182 − 0.062)

= 45 bars ⇒ Fem = 33.6 N

The calculated test result is greater than the simulated value (30 N).
Figure 21 shows step wave command relief test results. It shows that when the voltage is lower

than 3 V, the electromagnetic force is insufficient to open the valve port. The corresponding pressure
drops for 3, 4.5, 6, 7.5, 9, and 10 V are, respectively, 25, 50, 75, 105, 125, and 130 bars. Figure 22 shows the
time response when the step wave command is 10 V. The valve opening time is 9 ms (timing sequence
from 8.821 s to 8.3 s) and the valve closing time is 5 ms (timing sequence from 9.321 s to 9.326 s).
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This proportional valve test meets with application requirements, and it can be used as a reference for
the internal controller of the subsequent ABS module as the basis for the slip control calculation.

  
(a) (b) 

Figure 19. Configuration of single proportional valve test: (a) test rig; and (b) structure.
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Figure 20. Triangular wave command at proportional valve relief test in 175 bars.
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Figure 21. Step wave command at proportional valve relief test in 175 bars.
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Figure 22. Step wave command at proportional valve relief test in 175 bars (timing sequence from 8.6 s
to 9.6 s).

5. Conclusions

This study aimed to integrate the Inlet Valve (Inlet Valve normally open) and Outlet Valve
(Outlet Valve normally closed) of an EHB, which has the same function as a three-port, two-position
braking proportional pressure control valve. The assembly was composed of a cone lift lever (with
electromagnet), the valve shell case, a valve body (including the top plug seats), and the proportional
solenoid coil.

This new product development was tested under simulated braking force of pressing 175 bars,
and its pressure drop is up to 130 bars. In terms of electromagnetic force, it can reach more than
30 N. Thus, this product can meet the demand of an ABS wheel anti-lock pressure relief and pressure
relief adjustment control. Moreover, it provides ABS closed-loop control and has good linear control
accuracy and repeatability. Overall, this product meets the design requirements.
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Abstract: The high-speed pneumatic on/off valve is one of the critical components in pneumatic
systems, which has been widely investigated in the last decades. In this research, a new voice
coil motor direct drive high-speed pneumatic on/off valve (VCM-DHPV) is proposed, and the
mathematical model of VCM-DHPV, which consists of the fluid subsystem and electro-mechanical
subsystem, is established. In addition, the key structural parameters of VCM-DHPV are optimized
through the simulation analysis to improve its dynamic performance. The experiment results show
that the developed VCM-DHPV has a good sealing performance by adopting the face-seal type in the
valve port, and a large flow rate up to 5500 L/min, and its opening response time is 8.2 ms under the
gas supply pressure of 8 MPa and exiting voltage of 240 V. With the supply pressure and the exciting
voltage rising, the opening response time of VCM-DHPV is gradually increasing, and the variation
tendency of the spool displacement curves is in accordance with the simulation results. This research
will have significantly effects on raising the performance of the high-speed pneumatic on/off valve
and the development of pneumatic precision motion control.

Keywords: high-speed on/off pneumatic valve; dynamic performance; AMESim simulation; voice
coil motor

1. Introduction

A pneumatic high-speed on/off valve working in high pressure is one of the critical components
in high-pressure pneumatic systems, which has been widely used in many applications, such as
aviation, aerospace, underwater tools, drilling platform, and air-powered vehicle [1–5]. Therefore,
it has gained more attention and has been investigated widely in recent years. The opening or closing
of a spool orifice can control the volume flow of conventional hydraulic control valves. Compared
with servo or proportional valves having complex structures and high cost, a certain number of
simple on/off valves, which are known as digital hydraulic valves, have advantages of easy digital
control, low power loss and compact structure, and the volume flow is controlled by on/off fluid [6–9].
However, there are some challenging issues associated with the development of pneumatic high-speed
on/off valve working in high pressure, which is mainly due to the frequency response and thrust
demand of the driving elements.

Recently, the research on the high-speed on/off valves concentrates upon improving the dynamic
performance of the high-speed electro-mechanical actuator, developing the new structural pilot
high-speed on/off valve. It has been confirmed that the conventional driving elements such as solenoid,
torque motor and piezoelectric transducer are difficult to meet the requirements of high frequency
response, larger thrust and low cost of the direct drive high-speed on/off valves simultaneously [10–12].
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Wang et al. [13] studied the control performance of two-stage pilot high-speed switching valve driven
by high-speed solenoid. It is found that the control signal, the operating frequency of high-speed
switching valve, and the control chamber pressure could directly affect the response time of the main
stage. However, because of the limitations of the valve stroke and magnetic force, it is difficult to
achieve high pressure and large flow simultaneously. Therefore, the high-speed switching valve driven
by high-speed solenoid was used as pilot valve, and the rated pressure and rated flow of the developed
pilot valve are 2 MPa and 2 L/min, respectively.

Due to the limitations of the pilot valve response time, it is hard to increase dynamic response
performance of the main valves. Besides, the two-stage on/off valves also have some disadvantages,
for example, the machine of the nozzle is difficult and easy to be polluted, and has a high energy losses
through pilot stage. Consequently, the single stage valves driven by the linear electro-mechanical
actuator directly is a research hotspot at present. Voice coil motor (VCM) characterized by its
fast dynamic response, ease of control, good repeatability, large thrust and compact structure is
employed to direct drive the spool of high-pressure hydraulic and pneumatic direct drive valves.
Li et al. [14,15] numerically and experimentally investigated a high pressure pneumatic VCM direct
drive servo valve. The hybrid control scheme consisting of the disturbance observer and the proportion
integration differentiation (PID) controller was established, which includes the velocity/acceleration
feed-forward. The experimental results showed that the improved spool position control system has a
good disturbance rejection capability and strong robustness. Guo et al. [16] designed a new voice coil
motor with high acceleration by the electromagnetic finite element method and the magnetic circuit
method, and developed a high-frequency response VCM direct drive valve (DDV) system. Then, the
VCM-DDV system adopted a nonlinear PID control strategy and a dual closed-loop control structure.
The experimental results showed that the designed VCM has an evident improved acceleration, and the
static and dynamic performances of the VCM-DDV system are excellent, whose position bandwidth
can achieve 350 Hz. Wu et al. [17,18] researched the influence of current–force coefficient and damping
length of the VCM on the performance of the hydraulic direct drive valve, and the design parameters
of VCM were optimized. The results showed that certain types of VCMs might be more appropriate
for application in DDVs. Miyajima et al. [19] presented a VCM direct drive pneumatic three-port
spool type servo valve, which has a high natural frequency of 300 Hz and a small leakage through the
annular gap between the spool and the sleeve when the inlet pressure was 0.6 MPa.

Although some works have been presented to study the DDVs driven by VCM, very little evidence
has been found in development of high pressure pneumatic on/off valve driven by VCM. The objective
of this research is to propose a novel pneumatic on/off valve with a high pressure, large flow rate and
high dynamic response. In Section 2, the structure of newly developed on/off valve is introduced,
and then the mathematical models of electro-mechanical and fluid subsystem for the on/off valve are
described. The simulations for the dynamic response of the on/off valve in the AMESim (Siemens,
Munich, Germany) are presented in Section 3. In Section 4, the static and dynamic performances of the
on/off valve are experimentally investigated, and the results and discussion about the experiments
and simulations are analyzed. Conclusions are provided in Section 5.

2. Characterization and Methodology

2.1. Description of VCM-DHPV

Figure 1 illustrates the schematic diagram of VCM-DHPV, which consists of two parts: the pneumatic
on/off valve and the VCM actuator. The on/off valve is regarded as an electro-pneumatic converter,
which has the functions of the power amplified element and the energy conversion [20]. The VCM
actuator proposed is shown in Figure 2. The main part of the VCM is composed of an iron yoke and
a cylindrical permanent magnet, which can make a radially-oriented magnetic field in the air gap
of the VCM. The moving part of the VCM is composed of the plastic bobbin and the wire winding,
which can provide an Ampere force in the vertical direction perpendicular to the current flow and the
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magnetic flux when the coil is energized [21]. The spool connected directly with the slider is driven
linearly by the VCM actuator. The permanent magnet of actuator is fixed with the valve body as the
stator. To eliminate the excess pneumatic force acting on the spool, the lock nut is designed to balance
the area difference of the spool, and then only the flow force and seal friction should be overcome
by VCM. Therefore, the electromagnetic force of VCM is decreased and the dynamic characteristic of
VCM-DHPV is improved. A high-accuracy position sensor mounted on the VCM is used to measure
the displacement of the valve spool, and the position signal is fed back to the system controller,
which generates the coil current. The poppet valve face-seal type is used in the valve port to reduce
the leakage of VCM-DHPV when working under high-pressure condition. In addition, the face-seal
in the valve port is made of graphite sleeve dipped with the phenolic resin, so the graphite valve
port is softer than the valve cone made of ceramic, which is sprayed at the surface of titanium alloy
spool. This kind of soft–hard contact sealing can archive zero leakage of the valve port. As a control
component, the VCM-DHPV is designed to control gas flows through the pipelines and the chambers
in the pneumatic actuator. Therefore, based on the position control system, the displacement of the
valve spool is regulated accurately, so that it can control the gas quickly through the valve port from
inlet to outlet.

When there is no exciting voltage signal, the spool is compressed tightly on the graphite sleeve by
the spring, and then the VCM-DHPV is closed. As positive exciting voltage signal is given, the spool
moves upward under the action of the electromagnetic force by VCM, and then the valve is opened.
As a result, the inlet port and outlet port are interlinked. The high-pressure air flows from the inlet
port into atmosphere through the outlet port. As negative exciting voltage signal is given, the spool
moves downward under the action of the electromagnetic force by VCM, and then the VCM-DHPV is
closed, and the inlet port and outlet port are disconnected.

The dynamic characteristic of VCM-DHPV is one of the main research focuses. According to ISO
5598-2008, the dynamic response time of fluid power components can be described as the elapsed time
between the action initiation and the resulting reaction, which is tested under stated conditions. In this
research, the opening response time is considered as the elapsed time between the initiation point
when the exciting voltage is given and the point when the on/off valve is fully opened.

Figure 1. Schematic diagram of the developed high-speed pneumatic on/off valve (VCM-DHPV).
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Figure 2. Principle of voice coil motor with position sensor.

2.2. Mathematical Model

As a pneumatic control component, the on/off valve was designed to provide rapid gas-flow
through the cavities inside the pneumatic actuator. The characteristics of the on/off valve depends
on the flow and electro-mechanical equations, whose relationships are intensively coupled with
each other. Therefore, the on/off valve can be regarded as a converter between the electric and the
pneumatic. Figure 3 describes the block diagram of VCM-DHPV, which illustrates the signal flow of
the on/off valve model from the input voltage of the VCM to the output flow of the valve, including
the intermediate interactions. As shown in Figure 3, the VCM-DHPV can be divided into pneumatic
component and electromagnetic component. Then, the characteristic equations of VCM-DHPV could
be obtained.

Figure 3. Block diagram for mathematical model of VCM-DHPV.

In the single degree of freedom (DOF) mass–spring–damper system for the moving part of
VCM-DHPV, which consists of the VCM mover and the spool, Newton’s second law of motion is
given by:

m
d2x(t)

dt2 + b
dx(t)

dt
+ ks(x(t) + x0) + Fs + Ff + Ft = Fe (1)

where x(t) is the displacement of the VCM mover and the spool (mm), m is the mass of the coil of
VCM and spool of the on/off valve assembly (kg), b is damping coefficient (N/(m/s)), ks is spring
constant (N/m), x0 is spring pre-tension (mm), Fs is steady gas flow force (N), Ff is Coulomb’s friction
force (N), Ft is transient gas flow force (N), Fe is electromagnetic force of the VCM (N), and Ff is
Coulomb’s friction force (N), which is very small compared to the electromagnetic force and can be
ignored. Because the friction force and gas flow force are uncertainty, nonlinearity and time variation,
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the forces Fs and Ft can be considered as the disturbances for the valve spool position control system
of VCM-DHPV [15], which will be presented as follows.

The electromagnetic component consists of a magnetic circuit and an electrical circuit [16].
According to the Lorentz force principle, the electro-mechanical conversion of the voice coil motor can
be obtained. Therefore, the electromagnetic force of VCM is expressed as:

Fe = Kei = BlNi (2)

where Ke is current–force coefficient, so Fe is proportional to the current of the coil.
Figure 4 depicts the equivalent circuit of the voice coil motor, and its voltage balance equation can

be written as:
Ri + Ls

di
dt

+ em = u (3)

where R is resistance of the coil, Ls is inductance of the coil, and em is back EMF, which can be
expressed as:

em = BlN
dx
dt

= Ke
dx
dt

(4)

Figure 4. Equivalent electrical circuit of VCM.

The air-flow is a complex thermodynamic process, where it is a variable mass system
in VCM-DHPV. According to the energy equation, continuity equation and dynamic equation,
the mathematical model of the air-flow can be established. It should be noted that the gas supply
pressure of the developed VCM-DHPV varies in the range of 0.1–8 MPa. As the pressure of the air is
less than 20 MPa, the gas compressibility factor has little deviation from 1% (less than 5%), therefore
the high-pressure air could be simplified to the ideal gas [14,15,22]. Because the start up process of
VCM-DHPV is very short, the exhaust process of the control chamber can be simplified to an adiabatic
process. The following assumptions are given as follows [23]:

1. A constant stable gas supply is considered.
2. Flowing process of gas through valve port of VCM-DHPV is isentropic.
3. The pressure and thermal fields are uniformly distributed inside every cavity of VCM-DHPV.
4. The spring of VCM-DHPV is assumed to be linear. In addition, the masses of spool, piston, and

spring are integrated into one inertial parameter.
5. Dynamic flow forces, gas inertia and pressure loss in tubes can be neglected.
6. Steady state flow forces are considered only.

The electromagnetic component can be used to control gas flow through adjusting spool position
of the on/off valve. For turbulent flow, the spool orifice equation can be used to represent the gas flow
through VCM-DHPV, which includes the subsonic and choked flow regimes. Because the high-pressure
air in pneumatic components and pneumatic system is compressible, as the ratio of the upstream
pressure pu to the downstream pressure pd is larger than the critical value σcr, the flow regime can be
regarded subsonic and the mass flow depends nonlinearly on both pressures. However, when the
ratio is smaller than the critical value σcr, the flow achieves sonic velocity (choked flow) and depends
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linearly on the upstream pressure pu [8,22]. In these two cases, the air mass flow depends linearly on
the spool position of the on/off valve. The standard equation for the mass flow rate through the spool
orifice can be modeled as:

.
mt = α · S · pu ·

√
k

RT
· φ(pu, pd) (5)

where α is the coefficient of contraction, S is the passage area of the spool orifice, S = 4CdDx(t), Cd is
discharge coefficient, D is the orifice diameter of the valve, x(t) is opening of the on/off valve, k is
specific heat ratio of air, R is gas constant of air, and T is absolute temperature. phi(pu,pd) is given
by [24,25]:

φ(pu, pd) =

⎧⎪⎪⎪⎪⎨⎪⎪⎪⎪⎩

√(
2

k+1

) k+1
k−1 when

(
pd
pu

≤ σcr

)
√√√√ 2

k−1

((
pd
pu

) 2
k −

(
pd
pu

) k+1
k

)
when

(
pd
pu

> σcr

) (6)

where σcr is critical pressure ratio, which is equal to 0.5283 and can be defined as:

σcr =

(
2

k + 1

) k
k−1

(7)

Based on the momentum conservation principle, the steady gas flow force on valve spool can be
calculated as:

Fs =
.

mt(x(t))v cos θ (8)

Besides, the transient gas flow force acting on the valve spool can be written by:

Ft = ±Lv
d

.
mt

dt
= ±Lvα

dS
dt

pu ·
√

k
RT

· φ(pu, pd) = ±4LvαCdDpu ·
√

k
RT

· φ(pu, pd)
dx(t)

dt
(9)

where Lv is damping length of the on/off valve, θ is gas flow jet angle, and v is gas flow velocity.
Therefore, after adopting the Laplace transform for Equations (1) and (3) under the boundary

condition X(0) = 0 and the initial condition X’(0) = 0, they can be represented as follows:

ms2X(s) + bsX(s) + ksX(s) + Ff + Ft + Fs = Ke I(s) (10)

(R + Ls)I(s) + KesX(s) = U(s) (11)

Consequently, with Equations (10) and (11), the transfer function between the X(s) and the U(s)
for the on/off valve driven by the VCM directly can be derived as:

Gp(s) =
X(s)
U(s)

=
Ke/(R + Ls)

ms2 + [K2
e /(R + Ls) + b]s + ks

(12)

3. Simulation Analysis

The start up process of VCM-DHPV, which has nonlinear relation to the displacement of on/off
valve spool in the case of the constant inlet pressure, is not constant stable. It is very difficult to
calculate the mathematical model of pressure. To determine the dynamic and static characteristics of
VCM-DHPV, the equations of the mathematical model could be solved numerically by the AMESim
software, in which the relationship between supply pressure Ps and x could be expressed numerically.
The simulation diagram was established by AMESim, as shown in Figure 5. A physical diagram
was made in AMESim based on the mathematical model. The design parameters of VCM-DHPV are
shown in Table 1. Then, the dynamic response curves of VCM-DHPV under different exciting voltage
u, supply pressures Ps and half cone angle α of the spool (as illustrated in Figure 1) can be obtained
through the simulation, as shown in Figures 6–8.
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Figure 5. AMESim model of VCM-DHPV.

Table 1. Design parameters of VCM-DHPV.

Description Notation Value Unit

Mass of coil and spool m 0.28 kg
Maximum stroke of the spool xmax 1.0 mm

Nominal mass flow rate qtmax 0.5 g/s
Gain of VCM Ke 44.2 N/A

Maximum coil current I 8.4 A
Coil resistance R 4.6 Ω

Coil inductance Ls 220 mH/kHz
Viscous friction coefficient kf 8 × 10-3 N/(m/s)

Spring stiffness ks 0.02 N/m

3.1. Influence of the Exciting Voltage

To investigate the sensitivity of dynamic response characteristic of VCM-DHPV to the different
exciting voltage, the simulations are performed at the exciting voltage of 150, 180, 240 and 280 V
(with the supply pressure of 8 MPa). It can be seen in Figure 6 that the opening response time of
VCM-DHPV decreases while the exciting voltage u gets bigger. This is because the bigger exciting
voltage of the VCM coil could rapidly increase the current. Thus, the opening response time of the
VCM becomes shorter. The opening response times of the on/off valve at the exciting voltage u of 150,
180, 240 and 280 V are 9.1, 8.2, 6.8 and 6.2 ms, respectively. Therefore, from the increase of the dynamic
characteristic purpose point of view, the exciting voltage should be appropriately improved during the
process of switching for VCM-DHPV.

Figure 6. Dynamic response curves under different exciting voltage (Ps = 8 MPa, α = 45◦).
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3.2. Influence of the Supply Pressure

Because the maximum working pressure of the developed VCM-DHPV is 8 MPa, the numerical
simulation was conducted under different supply pressures which are less than 8 MPa (2, 4, 6 and
8 MPa) to investigate its dynamic characteristics. Figure 7 illustrates the displacement of spool versus
simulation time of VCM-DHPV under different supply pressures (with the exciting voltage of 240 V).
When only the supply pressure of VCM-DHPV is changed in the simulation, it can be seen in Figure 7
that the opening response time increased with the rise of the supply pressure. Here, the opening
response times are 5.7, 5.9, 6.1 and 6.2 ms under the supply pressures of 2, 4, 6 and 8 MPa, respectively.
This is attributed to the fact that the transient and steady gas flow forces gradually increased with the
rise of supply pressure.

Figure 7. Dynamic response curves under different supply pressures (u = 240 V, α = 45◦).

3.3. Influence of the Half Cone Angle

Based on Equations (5) and (6), the key structural parameters of the on/off valve would also affect
the dynamic response characteristics. Taking the half cone angle α of on/off valve spool as an example,
when changing the value of the half cone angle α from 20◦ to 70◦ (u = 240 V and Ps = 8 MPa), it is
achieved in Figure 8 that the bigger half cone angle α could slightly increase the opening response time
of VCM-DHPV. The explanation of this is that as the half cone angle of the spool enlarged, the transient
and steady gas flow forces would be gradually increased. However, it is also shown in Figure 8 that
the maximum difference of VCM-DHPV opening response time under different half cone angle is
very small (0.31 ms). This indicated that increasing the half cone angle cannot effectively improve
the dynamic response of VCM-DHPV. In addition, the 45◦ angle is convenient for manufacturing and
obtaining an appropriate sealing ability. Therefore, the half cone angle of 45◦ should be applied to the
design of VCM-DHPV prototype.
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Figure 8. Dynamic response curves under different half cone angle (Ps = 8 MPa, u = 240 V).

4. Experiment Verification

4.1. Experiment Apparatus

To verify the feasibility of VCM-DHPV structure and the validity of the mathematical model,
the experimental investigation was carried out. Experimental pneumatic circuit is shown in Figure 9,
which is composed of a gas supply, stop valve, pressure reducing valve, flow meter, pressure sensor,
pressure gauge, the on/off valve, current amplifier, position sensor, data acquisition (DAQ) and the
controller. The control scheme of the on/off valve is realized by a programmable multi-axis controller
(PMAC). The VCM and the position sensor were linked to a personal computer with Pewin32 Pro2
software through a DAQ, which was used to acquire position signal and control the input voltage
of the VCM [26]. The rated current and rated force of the VCM used in this experiment are 8.4 A
and 376 N, respectively. Therefore, a current amplifier could be adopted to amplify the current and
supply to VCM. The voltage command is supplied from the computer through the DAQ, and the
output voltages from the position sensor are fed back to the computer by the DAQ. Then, the spool
of VCM-DHPV is actuated toward two directions. The test software is developed on the LabVIEW
platform (version 11.0, National Instruments, Austin, TX, USA, 2011).

A linear variable differential transformer (LVDT) is used to detect the displacement of spool,
which is transferred by a push rod connected with the spool. When the spool is promoted, it will
push the rod detected by the position sensor. The developed VCM-DHPV prototype and the test
bench are shown in Figure 10, and the characteristic parameters of the prototype are listed in Table 2.
The experiment processes are as follows:

1. Open the stop valve and regulate the pressure reducing valve to make the compressed air as a
certain pressure.

2. Use the computer to collect the pressure signal, flow signal and displacement signal when
opening the on/off valve.

3. Set a new pressure and repeat Steps (1) and (2).
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Figure 9. Schematic diagram of the pneumatic circuit test bench.

Figure 10. Pictures of VCM-DHPV prototype and test system: (a) VCM-DHPV prototype; and
(b) test bench.

Table 2. Parameters of the proposed VCM-DHPV prototype.

Description Notation Value Unit

Orifice diameter of the valve D 24 mm
Spool diameter dr 16 mm
Half cone angle α 45 ◦
Inlet diameter di 11 mm

Outlet diameter do 11 mm
VCM electromagnetic force Fe 376 N

Test pressure Ps 8 MPa

4.2. Experiment Results and Discussion

4.2.1. Static Characteristics Experiments

To verify the sealing and flow characteristics of VCM-DHPV, the static characteristics of the valve
is examined. Firstly, VCM-DHPV is closed by the VCM reverse power, and the supply pressures of the
valve are set to 2, 4, 6 and 8 MPa, respectively. Then, the pressure sealing performance of the on/off
valve is checked under the pressure holding time of 2 min. The experimental results show that the
pressure sealing performances of VCM-DHPV are very good under the different supply pressures.
The flow rate of VCM-DHPV under different supply pressures and is illustrated in Figure 11a. It can
be seen that, with the gradual increase of supply pressure, the flow begins to increase rapidly. As the
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supply pressure continues to be increased to a certain value, the flow rate of VCM-DHPV could reach
a stable value of about 5500 L/min, as shown in Figure 11b.

Figure 11. Flow curve of VCM-DHPV under different supply pressures: (a) VCM-DHPV prototype;
and (b) maximum flow rate.

4.2.2. Dynamic Characteristics Experiments

The dynamic characteristics experiment is conducted to obtain the displacement of spool versus
test time of VCM-DHPV under different supply pressures. Figure 12 shows the comparisons of the
step response between the simulation results and measurements of the developed VCM-DHPV under
different supple pressures. The red dashed lines stand for simulation results and the black solid lines
stand for experimental results. It can be seen in Figure 12 that the curve of the simulations changes
along with the trend of the experimental results, so the comparisons between the simulation results
and measurements resulted in an acceptable agreement. However, as presented in Figure 12, due to
the uncertainties of the sensors, some small overshoots can be observed. The opening response times
of the on/off valve under different supply pressures by the simulation and experiment are listed in
Table 3.

As presented in Table 3, the deviation of the simulated and measured response time under the
supply pressures of 2, 4, 6 and 8 MPa is about 1.6, 1.5, 1.8 and 2.0 ms, respectively, and the deviations
increase with the increasing supply pressures. This is because the friction force between the valve core
and the valve body increases with the increasing supply pressure in the experiment, leading to the long
response time of VCM-DHPV. However, the friction force is neglected in the numerical simulation.
As a result, the deviations between the simulation and experiment increase with the increasing supply
pressure. These results show that the simulated results provided a reasonable agreement within
neglect of uncertainties of the sensors and the friction force between the valve core and the valve
body. Therefore, it can be concluded that the numerical simulation and experimental results show
the same change tendency and the presented AMESim model is acceptable in analyzing the dynamic
characteristics of VCM-DHPV.

Figure 12. Cont.
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Figure 12. Step responses of VCM-DHPV under different supply pressures (u = 240 V, α = 45◦):
(a) Ps = 2 MPa; (b) Ps = 4 MPa; (c) Ps = 6 MPa; and (d) Ps = 8 MPa.

Table 3. Opening response times of VCM-DHPV under different supply pressures.

Supply Pressure
Opening Response time

Deviation
Simulation Experiment

2 MPa 5.7 ms 7.3 ms 1.6 ms
4 MPa 5.9 ms 7.4 ms 1.5 ms
6 MPa 6.1 ms 7.9 ms 1.8 ms
8 MPa 6.2 ms 8.2 ms 2.0 ms

Meanwhile, the system identification tools in MATLAB (MathWorks, Natick, MA, USA) are
employed to identify the system parameters of the developed VCM-DHPV by the simulation and
experiment. The transfer function of on/off valve is acquired, and then the dynamic characteristics of
the on/off valve via the frequency responses with the full stroke can be drawn in MATLAB. Figure 13
shows the Bode diagram of VCM-DHPV through the simulation and experiment under different
supply pressures. The results show that the transfer function of the on/off valve could be simplified to
be a second-order oscillating system. Because the damping ratio in the transfer function of the on/off
valve are not considered in the simulation (ζ = 0), the bandwidth of the on/off valve is significantly
influenced by the supply pressure, and its amplitude frequency characteristics of the simulations have
an obvious pulse. However, due to the friction force and hydraulic leakage, the damping ratio could
not be equal to zero in the actual working condition. It is worth noting in Figure 13 that the frequency
responses of the on/off valve are quite different when the supply pressures are set as 2.0, 4.0, 6.0 and
8.0 MPa, respectively. Besides, it is illustrated in Figure 13 that the gain margin GM and phase margin
PM of VCM-DHPV are both greater than zero. As a result, it can be concluded that VCM-DHPV is a
stable minimum-phase system.

In addition, it can be seen in Figure 13 that the frequency responses of the simulations and
experiments are not identical, and there is a large delay. This is attributed to the delay effect of the
position sensor fixed on the spool in experiment process and the friction forces of the two O type rings
ignored in the simulation model. Actually, the delay time of position sensor and friction force could
disturb the dynamic characteristics of on/off valve in the experiment process, which would affect the
push–pull effort of the VCM and cause the dynamic response time slowing. Consequently, further
improvement of VCM-DHPV dynamic characteristics by upgrading the accuracy of position sensor
and reducing the friction force between valve core and valve sleeve will be the main research concerns
in the future.
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Figure 13. VCM-DHPV frequency response comparison between the simulated and measured results.

5. Conclusions

In this research, a new high-pressure large-flow pneumatic on/off valve driven directly by
the voice coil motor is presented. The structure and working principle are quite different from the
traditional two-stage on/off valve. The mathematical model and transfer function are derived in detail
to analyze its response characteristics. The simulation results based on AMESim software show that
the exciting voltage, half cone angle and supply pressure could influence the response time of the
on/off valve significantly. The opening response time of the developed valve is decreased with the
exciting voltage, whereas increased with the supply pressure. Besides, the half cone angle has been
optimized to get the shorter opening response time. Then, an experiment is carried out to verify the
feasibility of novel structure and validity of the numerical simulation, which shows that the flow
rate and opening response time of the on/off valve are 5500 L/min and 8.2 ms under the gas supply
pressure of 8 MPa and exiting voltage of 240 V. The experimental results indicate a reasonable match
between the simulations and measurements, and both simulation analysis and experimental results
exhibit that the on/off valve satisfies the initial design requirements well.
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Abstract: Variable valve mechanisms are usually applied to a gasoline combustion engine to improve
its power performance by controlling the amount of intake air according to the operating load.
These mechanisms offer one possibility of resolving the conflict of objectives between a further
reduction of raw emissions and an improvement in fuel efficiency. In recent years, variable valve
control systems have become extremely important in the diesel combustion engine. Importantly,
it has been shown that there are several potential benefits of applying variable valve timing (VVT) to
a compression ignition engine. Valve train variability could offer one option to achieve the reduction
goals of engine-out emissions and fuel consumption. The aim of this study was to investigate the
effects on part load combustion and emission performance of internal exhaust gas recirculation (EGR)
by variable exhaust valve lift actuation using a cam-in-cam system, which is an electronically variable
valve device with a variable inside cam retarded to about 30 degrees. Numerical simulation based
on GT-POWER has been performed to predict the NOx reduction strategy at the part load operating
point of 1200 rpm in a four-valve diesel engine. A GT-POWER model of a common-rail direct injection
engine with internal EGR was built and verified with experimental data. As a result, large potential
for reducing NOx emissions through the use of exhaust valve control has been identified. Namely,
it is possible to utilize heat efficiently as recompression of retarded post injection with downscaled
specification of the exhaust valve rather than the intake valve, even if the CIC V1 condition with a
reduction of the exhaust valve has a higher internal EGR rate of about 2% compared to that of the
CIC V2 condition.

Keywords: variable exhaust valve actuation; recompression; internal EGR; GT-POWER

1. Introduction

In diesel engines, a robust compression-ignited combustion strongly depends on the cylinder
charge temperature, composition, and cylinder pressure during valve train events [1]. Variable valve
actuation (VVA) technology refers to a technique or combination of technologies that changes valve
timing, valve duration, and valve lift, etc., depending on operating conditions and operating strategies,
instead of opening and closing intake and exhaust valves with a single, fixed-cam profile. Especially,
the compression ignition engine shows the required characteristics of the variable valve system which
can control the opening period of the valve. These VVA mechanisms have limited valve lift and timing
control, depending on the shape of the mechanism and method in which it is operated.

Appl. Sci. 2018, 8, 597; doi:10.3390/app8040597 www.mdpi.com/journal/applsci

49



Appl. Sci. 2018, 8, 597

Therefore, it is desirable to design the variable valve operating mechanism in which the ability to
control the range of the valve lifting and opening timing is set during the development stage of the
actual technology [2].

There are several potential benefits of applying variable valve control to a diesel engine:
Optimization of the charge motion, a reduced in-cylinder temperature, and pumping work only
if there is no swirl valve, leading to better low-speed performance. Namely, the adoption of the
variable valve in a compression ignition engine enables control of the temperature of exhaust gas and
effective control of the compression ratio through intake or exhaust air quantity.

Based on these functional characteristics, a variable valve system is expected to be essential as a
core technology for improving the combustion of diesel engines. The output of the compression ignition
engine is affected by the fuel injection system, volume efficiency, friction loss, and pumping loss, etc.
Volumetric efficiency depends on the combustion chamber geometry, engine speed, and the timing
and lift of valve opening and closing. Therefore, increasing the volumetric efficiency and reducing the
loss caused by friction and pumping for the maximum output according to each operating condition
improves the power performance. During this optimization process, the optimum intake and exhaust
flow rate and timing are adjusted according to the operating conditions without lowering the torque
stability and the maximum output [3]. For instance, early exhaust valve opening (EEVO) and cylinder
deactivation are implemented to raise the exhaust gas temperatures for DOC activation [4].

In a variable valve strategy known to be effective in controlling the cylinder charge temperature
and composition, various exhaust valve mechanisms have been designed to control exhaust gas
recirculation (EGR). The term EGR usually refers to a deliberate, external process, but there is also
a level of internal EGR. This occurs when the residual combustion gas in the cylinder at the end of
the exhaust stroke is mixed with the incoming charge. There is, therefore, a proportion of internal
EGR which must be taken into account when planning EGR strategies. Scavenging efficiency will
vary with engine load, and in an engine fitted with variable valve timing, a further parameter must
be considered.

Mirko B. et al. found that internal EGR has a greater potential than external EGR to realize an
accurate control of the EGR rate and NOx emission in transient operation [5]. Also, it was found that
applying internal EGR moderated combustion by delaying the ignition timing, thereby suppressing
in-cylinder pressure oscillations [6]. VVA for automotive diesel engines enables the pre-heating of the
exhaust system to be accelerated by the effect of internal EGR [7].

Gonzalez D. et al. presented a comprehensive scheme to obtain higher exhaust gas temperatures.
Internal EGR can be combined with multiple injections after the main injection event, thereby altering
the heat release rate and the exothermic reactions in the exhaust stroke [8].

Furthermore, the work of Guan, W. demonstrated that the combination of the EGR and Miller
cycle strategies can lead to minimum impact on the smoke emission and fuel economy, while achieving
lower engine-out NOx emissions and a higher exhaust gas temperature for an efficient exhaust after
treatment systems [9].

Kai D. et al. tested several VVT variants (exhaust cam phasing, late intake valve opening, Miller,
second exhaust event, cylinder deactivation) as promising heating strategies. These heating strategies
are finally compared to conventional heating measures to demonstrate their potentials in terms of faster
after-treatment light-off with increased conversion efficiencies and benefits in CO2 emissions [10].

In this study, exhaust recompression valve strategies are discussed in light of GT-POWER, 1D cycle
simulation model results for a common-rail direct injection single-cylinder engine with internal EGR
by using VVA and post fuel injection having an effect on the results [11]. So, the aim of this study is to
improve part load fuel economy and emissions.
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2. Numerical Model Description

2.1. Engine Modeling

In this study, the GT-POWER program (Gamma Technologies, Westmont, IL, USA) was used to
predict the reduction of NOx at partial engine load under the engine speed of 1200 rpm, as shown in
Table 1. Cam-in-cam, the variable valve scheme used in this study, is an electronically variable valve
device, and the inside of the variable cam is retarded to about 30 degrees. An extensive GT-POWER
model of the base R-engine with internal EGR created by variable exhaust valve actuation was built in
this study.

Table 1. Operating points on map in R-engine.

Low Load Low, Middle Load
Fuel Injection Quantity: 12 mg Fuel Injection Quantity: 12 & 19.8 mg

Idle + Low Speed Middle Speed
Engine speed: 800 rpm Engine speed: 1200~2000 rpm

Among the five points on the operation map of the R-engine, as shown in Figure 1a, the standard
value (hereinafter referred to as “Base” case) is selected when the engine of the basic cam follows the
injection strategy according to the operating map. Figure 1b shows the prototype cam-in-cam system
used in this study and variable valve profile.

Figure 1. Engine map and variable valve device. (a) Five operating points on map in R-engine;
(b) Prototype cam-in-cam system (MAHLE).
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Commercial R-engine has 4-cylinder and 4-valve per cylinder. Cylinder pressure was measured
at 1-cylinder only for combustion analysis. Engine crank shaft connected with a DC dynamometer and
high-pressure fuel injected in the cylinder by signal of injection device. Table 2 shows specification of
R-engine used in this study.

Table 2. Specification of R-engine used in this study.

Item Unit Specification

Bore x Stroke mm 88 × 90
Displacement cc 499

Valve per cylinder - 4 (2 intake and 2 exhaust)
Compression ration - 16

Intake valve CAD
IVO bTDC 10
IVC aBDC 28

Exhaust valve CAD
EVO bBDC 54
EVC aTDC 4

The GT-POWER program is a commercial engine analysis program widely used as an industry
standard for vehicle and powertrain simulation software. It is a next-generation integrated CAE
application that is becoming increasingly important in the industry due to its functions for engine
evaluation, such as cooling system operations, as well as fuel consumption, noise, etc. under an
arbitrary driving condition. It provides a fast solver for 1D and 3D simulations, making realistic
simulations of large-scale systems possible. It also has the advantage of containing detailed information
on valves, cylinders, and combustion behavior (predictive or data-based functions) for engine
combustion calculations. The numerical full-circuit model developed by this study consists of the
engine part (single cylinder, valves, pipes, etc.), valve train part (cam, camshaft, valve rod, etc.),
and fuel injection part (piezo actuator, nozzle, rod, needle, orifice, etc.). The valve part in the engine
system has received a valve profile from rotating the cam by the valve train model linked with the
engine model. The injector model is built up with internal construction of a third piezo injector and
linked with an engine model. The engine combustion model uses DIPULSE because NOx prediction is
possible with improved accuracy. The heat transfer model uses WoschniGT.

The fuel injection model was designed with a third piezo injector and verified through comparing
experimental injection data obtained by the Bosch-tube method. The Bosch-tube measurement
principle is to feed the fuel into the pipe with a cross-sectional area A and select the fuel control
volume in the pipe flowing at the speed of sound as c when the fuel in the pipe moves at a speed of u.
By knowing the sonic velocity and fuel density in the pipe and determining the amount of change in
pressure in the chamber, the injection rate can be calculated [12].

2.2. Four Variable Valve Train Configurations

Four different variants, as shown in Table 3, stood out as candidates for simulation testing:
(1) “Base” case, for comparing with other cases; (2) CIC V1 for a recompression strategy that reduced
valve lifting and duration; (3) CIC V2 for recompression that reduced valve lifting and duration
about the exhaust valve; and (4) CIC V3 for added post fuel injection based on CIC V2, as shown in
Table 3. With the exhaust recompression valve strategy, the cylinder charge temperature is controlled
by trapping the hot exhaust gas from the previous engine cycle. This is done by closing the exhaust
valve early during the exhaust stroke while opening the intake valve late in relation to the exhaust
valve closing timing. The crank-angle period when both intake and exhaust valves are closed around
the engine top dead center (TDC) is defined as the negative valve overlap (NVO).
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Table 3. Four variable valve train configurations.

Case Valve Profile Description

Base All valve lift 8 mm

CIC V1
Recompression

+ All valve lifting 6 mm
+ Negative valve overlap

CIC V2

Recompression
+ Exhaust valve lifting 6 mm
+ Intake valve lifting 8 mm
+ Negative valve overlap

CIC V3
CIC V2

+ Post injection
(Three fuel injection timing: 70◦, 200◦, 320◦)
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Figure 2 shows the schematic diagram of this analysis process. In order to study the effects of
internal EGR by variable exhaust valve actuation, a methodology was first developed to investigate
recompression internal EGR, wherein a variable exhaust valve timing mechanism is used to transfer
exhaust gas from one cycle to the next, just as in the valve strategies referred to as “Base” case, CIC V1,
and CIC V2. The additional step in the process begins with CIC V2 as normal and then adds three
different timings of post fuel injection.

Figure 2. Schematic diagram of this numerical analysis process.

2.3. Model Verification

In order to improve the model’s predictive accuracy, the engine model was developed in the 1D
GT-POWER and compared with the combustion pressure and heat release of in-cylinder gas. Tables 4
and 5 show the engine operating condition in the experiment and fuel injection condition, respectively.
Figure 3 shows the result of the model correlation under the test condition in Table 4. Model validation
took place once the engine dynamometer data were available. It was shown that the experimental
results indeed agreed with the combustion analysis.

Figure 3. Cont.
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Figure 3. Predictive model correlation with experiment data. (a) Pressure and Heat Release Rate;
(b) Pilot injection rate; (c) Main injection rate.

Table 4. Engine operating condition.

Item Specification

Engine speed (rpm) 1200
Fuel injection quantity (mg) 12
Fuel injection pressure (bar) 600

Intake & Exhaust valve lift (mm) 8

Table 5. Fuel injection condition.

Injection Pilot Main

Fuel injection timing (deg) 15 ATDC 5 ATDC
Fuel injection quantity (mg) 1.4 11.1

3. Results and Discussion

3.1. Combustion Characteristic of Recompression Internal EGR

Figure 4 shows the temperature traces for three different recompression strategies: “Base” case,
CIC V1, and CIC V2. In the recompression cases (CIC V1, CIC V2), the engine operates at a higher
temperature than the “Base” case. The result is that there is a limited flow of fresh air and burned
gas due to negative overlap. CIC V1 is less effective in enhancing the cylinder temperature than CIC
V2, due to its relative larger intake valve lift and duration than in the exhaust valve. The maximum
temperature in the case of CIC V2 is higher during the main combustion period.

Figure 4. Temperature variation for different recompression strategies.
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Figure 5 shows the intake flow variation for three different recompression strategies. In the case
of CIC V2, there was a rapid back flow of burned gas through the intake valve. This comes from
an increased flow rate through the intake valve above that of CIC V1. Additionally, the burned gas
discharged to the intake valve, and the temperature of the in-cylinder gas dropped. At a crank angle
of 470◦, hereafter fresh air is flowing into the cylinder and then the temperature of the trapped gas is
increased. Therefore, it can be concluded that back flow in the valves is one of the main factors creating
combustion performance.

Figure 5. Flow traces at intake valve for different recompression strategies.

Figure 6 shows the total trapped mass traces for different recompression strategies: “Base” case,
CIC V1, and CIC V2. Total trapped mass can be defined as the quantity of all chemical species
(including air, fuel, EGR, residual gas, etc.) in the cylinder at the start of the cycle. In the recompression
condition, the total trapped mass is reduced and the amount of the trapped mass in the case of CIC V2
is relatively more elevated before combustion, due to the increase in the intake valve lift and duration.
In the case of CIC V2, when the intake valve is open at 350◦, the mass quantity drops rapidly, and the
negative valve overlap creates the high temperature and causes burned gas to only flow back through
the intake valve at TDC.

Figure 6. Total trapped mass traces for three different recompression strategies.

As shown in Figure 7, the increase in in-cylinder pressure during the negative valve overlap
indicates its oxidation by the recompression of trapped gas. However, the in-cylinder temperature and
combustion pressure in CIC V1 and CIC V2 are lower than in the “Base” case, due to a decrease in
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fresh air at the next ignition. This result showed that the exchange of gas was more enhanced in the
case of CIC V2 because of the decreased combustion pressure in the period and peak value than the
CIC V1 case during the intake stroke.

Figure 7. Pressure variation for three different recompression strategies.

Figure 8 shows the pressure–volume (PV) cycle for three different recompression cases. The main
feature of this diagram is that the amount of energy expended or received by the system as work can
be estimated as the area under the curve in the figure. In the cases of CIC V1, its pumping loss has no
area on the graph due to the very low volume efficiency during the intake stroke. It indicates a higher
peak pressure than the case of CIC V2. As can be seen, increased inflow of fresh air to the cylinder of
CIC V2 causes pumping loss, but the maximum pumping pressure is lower than in the case of CIC V1.

Figure 8. P-V diagram for three different recompression strategies.

Figure 9 shows that a decreased pressure and inflow of fresh air affects the increase in the ignition
delay at the pilot injection of high-pressure fuel. Then, a decreased heat release rate and expanded
diffusion combustion at main injection occur as changes in the cases of CIC V1 and V2, as characteristics
of low temperature combustion.
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Figure 9. Heat Release Rate traces for three different recompression strategies.

3.2. Effect of Post Fuel Injection in Recompression Internal EGR

By adjusting the internal EGR applied by variable exhaust valve actuation, a great volume of heat
energy occurred and was generally wasted, but it can be used to achieve lower emissions, activation
of the after-treatment system, and stable operation of low temperature combustion. This study
investigated the possibility of VVA that involved post fuel injection for improving thermal efficiency in
the three cases. The points of post injection started (1) at 70◦ containing a maximum quantity according
to the total trapped mass; (2) at 200◦, with both the lowest pressure and temperature and the ending of
the back flow through the exhaust valve during the recompression process; and (3) at 320◦, with the
raising of pressure and temperature by closed intake and the exhaust valve during the recompressing
process. Furthermore, the quantity of post fuel injection was set to 20% of the total fuel mass in both
the pilot and main injection periods. As a reference, the specific cutoff point for which the second
injection is small enough relative to the main injection to constitute a post injection, rather than a
generic split injection, is not well defined, but a maximum of approximately 20% of the total fuel in the
post injection is consistent with most existing self-described post-injection studies [13]. Figure 10 is the
result of the temperature traces for different recompression strategies with post injection. Post injection
at 70◦ in the exhaust stroke caused an increase in temperature. In the case of post injection at 320◦,
it was decremented that a high temperature occurred by potential heat, which is the decreasing of
temperature during NVO, which then affects gas exchange efficiently. Additionally, post injection at
320◦ was performed under conditions that included a lower burning mass than in other cases, so it
showed the highest effect by potential heat. Figure 11 shows the result of the total trapped mass traces
for different recompression strategies with post injection. In the case of post injection at 320◦, it shows
a higher variation in trapped mass, due to its internal gas flow activity with a high temperature.

Figure 10. Temperature variation for different recompression strategies with three post injections.
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Figure 11. Total trapped mass traces for different recompression strategies with three post injections.

Figure 12 shows the result of the heat release rate traces for different recompression strategies
with post injection. It shows the highest heat release at the pilot and main injection points in the case
of post injection at 320◦. This is caused by increasing the burnt fuel with post injection by decreasing
the total trapped mass. In addition, it can be concluded that post injection is one of the main factors
influencing thermal efficiency increased by a diffusion combustion area.

Figure 12. Heat release rate traces for different recompression strategies with three post injections.

Figure 13 shows the result of in-cylinder pressure variation for different recompression strategies
with post injection. In the case of post injection at 320◦, it shows the lowest pressure that results from
reducing the pressure rate at the point of main combustion by increasing the gas exchange.

Figure 13. Pressure variation for different recompression strategies with three post injections.
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3.3. Comparison of Emission Performance

Figure 14 shows comparisons of NOx emission for different variable valve control strategies.
It was found that the CIC V1 case, with no-full lift and duration of intake and exhaust valve, shows
the lowest NOx emission with minimum temperature, due to using recompression internal EGR. If it
is difficult to control both valves, as shown in Figure 14, the CIC V3 case, with no-full lift and duration
of exhaust valve only and post injection, is an effective strategy to reduce NOx emission at part load
operating conditions in a compression ignition combustion. In the case of post injection at 320◦ in CIC
V3, it shows the lowest NOx emission under variable exhaust valve control without a variable intake
valve. As shown in Figure 15, the lowest volume efficiency occurred in the case of CIC V1 with full
control of both the intake and exhaust valve. Whereas, it was found that CIC V2 and CIC V3 have a
similar volume efficiency at each maximum combustion temperature.

Figure 14. Comparison on NOx emission for different variable valve control strategies.

Figure 15. Comparison on volume efficiency for different variable valve control strategies.

Figure 16 shows the comparison results for NOx emission versus indicated mean effective pressure
(IMEP) for all variable valve control strategies applied in this study. This shows a noticeable reduction
in NOx emission with a reduction in IMEP. Especially, CIC V1 is a moderate case with regard to
emission reduction, but this strategy was worse with regard to thermal energy. As the post injection
timing in CIC V3 was retarded, it caused a decrease of NOx and an increase in IMEP linearly. The result
was derived from effective work due to increased burnt fuel through post fuel injection. Figure 17
shows the comparison result for NOx emission versus indicated specific fuel consumption (ISFC) for
all variable valve control strategies. This shows that the lowest fuel consumption with NOx emission
was in the case of CIC V1. Furthermore, the post injection at 320◦ in CIC V3 is the best case with regard
to the level of NOx emission under fuel penalty. Figure 18 shows the comparison of the internal EGR

60



Appl. Sci. 2018, 8, 597

rate for different variable valve control strategies. The internal EGR rate is defined as a ratio between
the total volume of the cylinder and the total trapped mass, with the exception of trapped air, before
the beginning of combustion. It shows a difference of about 10% between the “Base” case and the
recompression case. This EGR strategy is made possible by the design of valve control (lift, phase,
timing, etc.), which allows for more burned gas to be trapped, without the use of any additional device
for external EGR. Figure 19 shows the comparison of NOx reduction by applying different variable
valve control strategies. Recompression strategy, as a bypass process to avoid the NOx emission zone
in compression ignition, is beneficial to the heat release rate and volumetric efficiency at the design
speed, and it also reduces NOx emission.

Figure 16. Comparison on IMEP versus NOx for different variable valve control strategies.

Figure 17. Comparison on ISFC versus NOx for different variable valve control strategies.

Figure 18. Comparison of internal EGR rate for different variable valve control strategies.
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Figure 19. Comparison on NOx reduction by applying different variable valve control strategies.

4. Conclusions

In this study, the effect of internal EGR by variable valve actuation with post injection using a
full-circuit GT-POWER model verified by experimental data was investigated to predict auto-ignited
combustion performance that includes in-cylinder pressure and temperature, heat release, ISFC, IMEP,
and NOx emission. Conclusions obtained by this study can be summarized as follows:

(1) Recompression internal EGR leads to negative valve overlap effects and a higher temperature in
engine operation, due to its trapping of burnt gas and limited air flow, creating a high temperature
inside the cylinder. The earlier the exhaust valve closes during the exhaust stroke, as in the case
of a larger NVO, the greater the amount of the hot exhaust gas from the previous engine cycle
would be trapped in the cylinder. This leaves less room in the cylinder for the in-coming fresh air
mass, thereby increasing the cylinder charge temperature while decreasing the oxygen level in
the cylinder charge. As a result, there is an optimal setting of NVO for each operating condition
to achieve the best engine performance.

(2) The CIC V2 case is used for enhancing the internal EGR rate, which is reduced in both the
lifting and duration of the exhaust valve without control of the intake valve, thus the operating
temperature is decreased overall, but a higher temperature is seen at the main combustion period
than in the “Base” and CIC V1 cases. This is caused by the inflow of more fresh air while keeping

62



Appl. Sci. 2018, 8, 597

internal gas in the cylinder and increasing the discharging of burnt gas through the intake valve.
Therefore, effective work has risen due to a pressure drop in the intake stroke and the rising of
pressure at the main combustion, compared with the CIC V1 case.

(3) For the use of thermal energy wasted when adjusting recompression by variable valve actuation,
post injection with three cases was applied with total injected fuel of 20% based on CIC V2.
Each post injection shows a similar volume efficiency, but retarded post injection timing caused
an increase in IMEP, as well as a reduction of both ISFC and NOx. In the case of post injection
at 320◦, when increasing the pressure and temperature for both intake and exhaust valves,
which were closed in the recompression period, the highest engine operating temperature was
seen, but there were lower emissions of NOx than in other post injection cases.

(4) The recompression internal EGR is effective in utilizing heat energy by enhancing the EGR rate
by about 10%. Additionally, recompression with retarded post injection is beneficial to IMEP
with NOx reduction, even if CIC V1 with no-full lift and duration of the intake and exhaust valve
has an internal EGR rate of about 2% higher than that of CIC V2 with no-full lift and duration of
the exhaust valve.

(5) Finally, the internal EGR scheme with variable exhaust valve actuation in a diesel engine is
advantageous to apply post injection from the viewpoint of utilizing thermal energy. However,
since the ISFC increases according to post-injection conditions, it is necessary to consider the
maximum use of exhaust heat energy for NOx reduction.
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Abstract: To reduce the energy consumption and emissions of the hydraulic excavator, a two-level
idle speed control system with a hydraulic accumulator for the construction machinery is proposed
to reduce the energy consumption and improve the control performance of the actuator when the
idle mode is cancelled. The structure and working principle are analyzed. The hydraulic accumulator
(HA) is used to store the energy, which can provide backup pressured fluid when the idle mode is
cancelled. Then, a method of how to set the pressure differential between the hydraulic accumulator
and the load is proposed and the control law is discussed. The test rig is built. The experimental
result shows that the idle speed can be switched among the first idle speed, the second idle speed
and the normal speed automatically. Though the idle speed in the novel system can be reduced more
than that in the conventional automatic idle speed control system (AISCS), the proposed system can
still build the actuator pressure more quickly when the idle mode is cancelled. When compared to
the system without the idle speed control, the energy saving of the proposed system is about 67%.
The proposed two-level idle speed control system with a HA can achieve a high energy efficiency
and a good control performance.

Keywords: construction machinery; hydraulic excavator; energy saving; idle speed control; hydraulic
accumulator; control strategy

1. Introduction

Energy saving and environment friendly become the primary demands for the construction
machinery under the environment of stringent emission regulations. Currently, there are several
energy saving methods for construction machinery, for example, positive and negative flow control
system [1,2], load sensing control [3,4], hybrid power system [5–8], energy regeneration [9–12] and
automatic idle speed control system (AISCS) [13], are proposed and utilized in some models. Whether
it is positive and negative flow control system or load sensing control, the purpose of them is to balance
the output of the pump and the requirement of the load to reduce the energy loss. They do reduce
the throttle loss and improve the efficiency of the machine. In hybrid power systems, the engine
works at an optimal power consumption area to reduce fuel consumption and emissions via more
than one power train [6–8]. Because there is more than one power train, the structure is complex and
the cost is high, which limits its wide application. However, the above energy saving technologies
mainly concentrate on the working time of the construction machinery. In fact, construction machines
consume about 30% of the total energy in the idle state. AISCS is used to reduce the fuel consumption
and emissions in the idle time. Commonly, the traditional AISCS is utilized to adjust the engine
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speed switching between the first idle speed, sometimes there is second idle speed and the normal
working speed.

A lot of researches have been reported in the field of AISCS of automobiles. He et al. investigated
a CNG engine and reduced the idle speed from original 800 rpm to 700 rpm [14]. Li et al. set the
desired idle speed to 611 rpm instead of the normal (production) idle speed of 740 rpm, and used
the sliding mode control to AISCS [15]. Though a low idle speed could reduce the fuel consumption,
the cost was to increase the risk of missing fire or even stalling. That is to say, the transition to and
from idle speed should be smooth and well controlled [16]. Many research devoted themselves to
solving the AISCS problems with different control strategies [17–21].

Though some useful results have been achieved on the AISCS of automobiles and the technology
is relatively mature, only a few research on the AISCS have been developed for construction machinery.
Due to the different working conditions, the AISCS used in automobiles cannot be adopted to
construction machinery directly. Xiong et al. analyzed the working principle and the implementation
method of the AISCS in a rotary drilling rig [22]. They tested the fuel consumption under different
speed and found that the speed when the minimum fuel consumption achieved was the preset idle
speed. Liu designed an AISCS according to the working conditions, speed sensing, and engine power
matching. The adjusting time of the engine from idle speed to the rated speed was about 2 s [23].
Hao optimized the duty ratio of the PWM, minimum ramping time, and idle speed through adapting
the adaptive control method and achieved a better energy saving effect [24]. Those researches were still
based on the traditional engine and the idle speed cannot be too low to avoid the misfire. Meantime,
the hydraulic system still utilized the traditional pumps system. Therefore, the adjusting time of the
transition from the idle speed to the normal speed of the engine cannot be very short and the pumps
cannot build the pressure quickly to drive the actuator when the idle mode is cancelled. This leads
to the instability of the actuator movement and a slow response to the working signal. Hydraulic
accumulator (HA) is widely used in the hydraulic systems because it can be used as an auxiliary
power source to supply pressured oil in a short time. When the pump cannot supply enough oil to
the actuator at the moment that the AISCS is cancelled, HA is a best choice to supply the oil that the
actuator needed, despite its short supply time. Though the engine using the AISCS can consume less
fuel and reduce emissions, there are still emissions, especially when the idle speed cannot be set too
low. While the electric motor (EM) is true zero emissions and it has a high efficiency within a wider
speed range. Therefore, if the EM and HA are used in the AISCS of the construction machinery, the
above problems may be avoided. This paper is to verify the feasibility of this idea.

In this research, a prototype of a two-ton hydraulic excavator that is (HE) driven by the EM for
experiment has been built. The key object of this research is the novel AISCS with the HA for a two-ton
HE. The remainder of this paper is organized as follows: Section 2 gives the structure and working
principle of the AISCS with HAs. The control strategy of the proposed AISCS is discussed in detail
in Section 3. Then, the experiment results are analyzed in Section 4. Conclusions are presented in
Section 5.

2. Structure and Working Principle of the Novel AISCS

Figures 1 and 2 show the configuration of the traditional and the proposed AISCS, respectively.
The multi-way valves that are used in Figures 1 and 2 are controlled by the pilot pressure produced by
the joystick and the valve stroke is proportional to the pilot pressure. The working principle of the
traditional AISCS is when the joystick returns to the middle position, the multi-way valve works at the
middle position too. The output of the pump flows to the tank through the multi-way valve. When
the controller detects the time that the joystick stays at the middle position is larger than a set value,
the engine speed drops to a low value to reduce the fuel consumption. When the joystick leaves the
middle position, the multi-way valve moves to the corresponding position and the engine accelerates
to the normal speed. There is a delay when the actuator starts to move and due to the low pressure in
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the working chamber of the actuator, the movement of the actuator is unstable. When compared to the
traditional AISCS, the proposed AISCS has the following advantages:

1. A HA is connected to the outlet of the pump via a solenoid directional valve 1. The HA is used to
store energy during the first level idle mode, which can be serve as an auxiliary energy source to
drive the actuator when the idle mode is cancelled.

2. There is a pressure loading unit at the bypass way of the multi-way valve. When the multi-way
valve is at middle working position and the solenoid directional valve 2 is powered off, it can
separate the pump from the tank by the solenoid directional valve 2 and charge the HA.

3. The EM has a faster response than the traditional engine and a high efficiency within a wider
speed range. Thanks to the utilization of the EM, there is no pollution at all.

Figure 1. Schematic of the traditional automatic idle speed control system (AISCS).

Figure 2. Schematic of the novel AISCS.
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Therefore, the pressure in the working chamber of the actuator can be built quickly to drive the
load with the assistance of the HA. Meanwhile, the idle speed can be set to a low value to obtain good
energy saving and decrease noise, even if the response of the EM cannot be guaranteed.

3. Control Strategy

There are two goals of the control strategy. One is to make EM speed be as low as possible to
reduce energy consumption. However, the low speed should not be at the cost of control performance
and pump suction capacity. As the pump suction capacity cannot be improved easily, the other goal of
control strategy is to guarantee the control performance when the idle mode is cancelled, which creates
a sense of the hydraulic cylinder moving at the same speed as the target velocity, which is decided by
the joystick. In other words, the input pressure pp of the multi-way valve should be built up as quickly
as possible. However, the EM speed cannot be increased rapidly from the idle speed to its normal
speed, especially when the idle speed is low.

3.1. Optimization of Pressure Differential Δp between the HA and the Maximum Load Pressure

One case should be considered: as long as the EM starts to run, the joystick returns to its maximum
position in an instant and the EM speed cannot reach to its target speed as quickly as possible. Hence,
the flow rate of the pump will be too low to drive the load in time and the velocity of the load cannot
be guaranteed. Meanwhile, when the HE works in a crane mode and pilot-oil discloses the multi-way
valve, the output pressure of the pump is at a rather low level and the pressure in the hydraulic
cylinder will drop suddenly with a big oscillation, especially in the case that the load is heavy and the
load had not been lowered to the ground. As a matter of fact, one of the disadvantage of the HA is that
only when the pressure of the HA is larger than the load pressure can it release the oil to drive the load.
If the pressure differential Δp between the HA and the maximum load pressure is too high, though the
actuator will start immediately, excess loss will be produced across the hydraulic control valve. While
if the pressure differential Δp between the HA and the maximum load pressure is too low, it cannot
build up the pressure quickly to drive the load. Therefore, the pressure differential Δp between the
HA and the maximum load pressure should be optimized to ensure the control performance and the
energy saving.

The maximum load pressure pLmax is determined from the expression

pLmax = max(pLb, pLs) (1)

where, pLb is the non-rod side chamber of the hydraulic cylinder, MPa. pLs is the rod side chamber of
the hydraulic cylinder, MPa.

The target velocity of the actuator is given by

vt = k · (pLb − pLs) (2)

where, k is the proportionality coefficient between the target velocity and the joystick pressure.
The actual velocity of the load is calculated as

v =
qp · np − (Cip + Cep)pp − Qbp + Qac

AL
(3)

where, qp is the displacement of the pump, m3/rad. np is the speed of the pump, rad/s. Cip and Cep

are the internal and external leakage coefficient of the pump, respectively, m3/(Pa·s). pp is the output
port pressure of the pump, Pa. Qbp is the bypass flow rate of the pump, m3/s. Qac is the flow rate of
the HA, and m3/s. AL is the effective area of driving chamber of the cylinder, m2.
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The Boyle’s law expression for this case is

pa0V0
n = pax(V0 ± ΔV)n (4)

where, pa0 is the pre-charge pressure of the HA, MPa. V0 is the gas volume under the pressure pa0,
m3. pax is the pressure of the HA, MPa. ΔV is the volume change of the HA, m3. n is the polytrophic
exponent, in this research, and n can be set at 1.4 because the time for releasing the flow to the
multi-way valve is short, which is less than 5 s. When the HA is charged, the minus sign is chosen in
Equation (4).

The flow rate of the HA can be achieved by differentiating the Equation (4) with respect to time,
as follows:

Qac =
dΔV

dt
= ±V0 pa0

1
n

n
(pax)

−1−n
n

dpax

dt
(5)

When the idle mode is cancelled, the HA is the main power device to drive the load in the initial
stage, namely,

Qac ≈ vAL (6)

When considering that the pressures of HA satisfies,

0.25pa2 < pa0 < 0.9pa1 (7)

where pa1 and pa2 are the minimum and maximum working pressure of HA, respectively.
Then, the pressure change rate of the HA in Equation (5) can be obtained by

dpax

dt
= ± Qacn

V0 pa0
1
n (pax)

−1−n
n

≈ ± v · AL · n

V0 · pa0
1
n · (pax)

−1−n
n

≈ ± v · AL · n

V0 · pa0
1
n · (1.2pa0)

−1−n
n

(8)

When the polytrophic exponent n is 1.4, the pressure change rate of the HA can be rewritten as,

dpax

dt
≈ ±v · AL · 1.4 · pa0

V0 · 1.2
−2.4
1.4

≈ ±v · AL · pa0

V0
(9)

Seen from Figure 2, the pressure differential Δp between the HA and the load is equal to the
sum of the pressure change of the HA and the pressure drop across the solenoid directional valve 1,
multi-way valve, and oil pipes. Then, the pressure differential Δp between the HA and the load is
developed as

Δp = pax − pL ≈
∫ vAL pa0

V0
dt + Δpvalve (10)

where pL is the load pressure, MPa. Δpvalve is pressure drop across the solenoid directional valve 1,
multi-way valve, and oil pipes, MPa. However, the actual velocity of the load, which is decided by the
joystick and the load on the next working cycle is uncertain. Hence, the maximum target velocity of
the actuator is used to substitute the actual velocity. Therefore, the pressure differential Δp between
the HA and the load is developed as

Δp = pax − pL = Δpvalve +
∫ AL pa0vtmax

V0
dt (11)

where vtmax is the maximum target velocity of the actuator, m/s.
According to Equation (11), the pressure differential Δp can be divided into two parts: the first

part is the drop pressure in directional valve 1, multi-way valve, and oil pipes. It can be considered
as a constant. The second part is the pressure change of the HA. It can be deduced that the pressure
change of the HA depends on the rated volume V0 of the HA, the pre-charge pressure pa0 of the HA,
and the maximum velocity vtmax of the actuator.
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3.2. Control Law

The overall control process of the AISCS of Figure 2 is illustrated in Figure 3. When the joystick
returns to the middle position, the controller detects that the pressure differential of the joystick is
under the preset small positive value and sends the pilot control oil to the multi-way valve to make it
work at the middle position. The proposed AISCS is to control EM speed to be switched between the
different values, including the switch from the normal working speed to the first idle speed, the second
idle speed, and that from the two idle speeds to its normal working speed. When reducing EM speed,
the main consideration is the energy saving of the system. While the set value of the idle speed is the
primary factor that influences the energy consumption. When the idle mode is cancelled, the control
performance is the main consideration. Therefore, the time for building up the pressure of the pump
should be smooth and short. Taking the self-suction capacity of the pump into account, the first level
idle speed is set to 800 rpm and the second level idle speed is set to 500 rpm, because the HA can help
the pump to build up the pressure quickly. During the different process, the control strategy changes
accordingly. The control strategy is based on the following principles.

Figure 3. Overall control diagram of the AISCS.
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Mode 1: First level idle mode

When the time of the joystick backs to the middle position is longer than time T1, the controller
makes the EM speed reduce to the first level idle speed n1 to reduce the energy loss. Meanwhile, the
maximum load pressure pLmax is adopted to decide to charge the HA by the pump or not. When the
pressure differential between the maximum load pressure and the HA is larger than the preset value
Δpac, then the solenoid directional valves 1 and 2 are powered on. Then the pump charges the HA
via solenoid directional valve 1. After the pressure of the HA increases to the upper limited value,
the solenoid directional valves 1 and 2 are powered off. The pump is connected to the tank through
solenoid directional valve 2 and is unloaded.

Mode 2: Second level idle mode

With an HA in AISCS, the HA had store a certain amount of energy in the first level idle mode.
When the time of the joystick backs to middle position is longer than time T1 + T2 and the pressure
of HA is under the threshold values, then the controller makes the EM work at the second level idle
speed n2, which is lower than the first level idle speed n1 to further reduce the energy consumption.

Mode 3: Idle mode is cancelled

When the joystick leaves its middle position, the AISCS is cancelled. In a HE, the joysticks are the
most common interfaces between the drivers and the hydraulic manipulators. The target velocity of the
actuator is characterized by the status of the joystick. The joystick signal gives a pressure differential.
The target velocity of the actuator is the control object, which is compared with the joystick command
through a conversion gain, as shown in Equation (2). When considering the dynamic response of EM,
it cannot quickly reach to the normal speed which is usually about 1800 rpm. That is to say, the pump
cannot build up the pressure quickly to drive the actuator. Hence, the actuator should be driven by the
pump and the HA. In this case, both the solenoid directional valves 1 and 2 are powered on. The stored
oil in the HA is released through solenoid directional valve 1 to the inlet of the multi-way valve to
help the pump build up the pressure quickly to drive the actuator. The pressure of HA decreases with
the discharging process and the load pressure changing, according to the pressure of HA. When the
pump pressure is larger than the HA pressure, the solenoid directional valve 1 is powered off, and
the actuator is driven by the pump only. The proportion of the flow rate supplied by the HA and the
pump is scheduled to achieve a smooth and quick movement of the actuator.

During this control process, the HA pressure is the control object, which is achieved by controlling
the on or off of the solenoid directional valves 1 and 2. Further, when the AISCS is cancelled,
the pressure differential Δp between the HA and the load is detected and controlled by the sensor
signals shown in Figure 2. Due to the pressure, the differential is proportional to the target velocity
of the actuator, which is characterized by the status of the joystick shown in Equation (2), therefore,
the pressures of the joysticks are the key to monitor.

4. Experiment Research

4.1. Test Rig

To investigate the effects of the control strategy of AISCS, a test rig was developed, which is
shown in Figure 4. The EM consists of two coaxial motors. The pump is a triple pump, including the
main pump and the pilot pump. The hydraulic cylinder of the arm is chosen as the actuator to control.
A 1.6 L HA is installed and the solenoid directional valves are integrated into one block. The sensors
are installed to detect the status of the key pressures. The basic parameters of the test rig are listed in
Table 1. To compare and analyse conveniently, the control signal of the joystick is the same and the
boom cylinder has the same start/end points and displacements when the same type experiment is
carried out. Because the idle speed period and the performance when the idle speed is cancelled are
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the main considerations of this research, the working period of the construction machinery, including
digging, swing, and other performance, which is the same to the traditional construction machinery, is
not discussed. The following part discusses the period when the joystick backs to the middle position
and the system works in the idle mode.

Figure 4. Layout of the test rig.

Table 1. Key parameters used in the test rig.

Key Components Parameter Value

Actuator
Rod diameter/mm 35
Cylinder diameter/mm 63
Maximum stroke/mm 100

Electric motor
Power/kW 8
Rated speed/(rpm) 1800

Pump Displacement/(mL·r−1) 16

Hydraulic accumulator Volume/L 1.6
Pre-charge pressure/MPa 2

4.2. Control Performance

The control performance is used to evaluate the responsiveness of the pressure of the actuator’s
cylinder to follow the signal that is produced by the joystick. If the pressure of the actuator cylinder
can reach its target value quickly and smoothly, it is considered as a good control performance.

Figure 5 shows the EM speed of the AISCS and joystick pressure according to the state of the
joystick. It can be seen that the EM speed changes according to the state of the joystick. The joystick
backs to the middle position and the actuator stops to work at time 7 s. When the controller detects
the joystick staying at middle position for 8 s, which means that the actuator stops working for 8 s,
and then the controller makes the EM work at the first level idle speed (800 rpm) from time 15 s.
After 20 s and if the joystick is still at the middle position, then the controller makes the EM work
at the second level idle speed (500 rpm) from time 35 s to further reduce the energy consumption.
When the controller detects the joystick leaves the middle position, it makes the EM accelerate to its
normal working speed (1800 rpm). Hence, the EM can switch the speed among the normal speed
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(1800 rpm), first level idle speed (800 rpm), and the second level idle speed (500 rpm), judging by the
control strategy.

Figure 5. Experimental curves of the electric motor (EM) speed and joystick pressure.

Figure 6 describes the pressures of the HA, pump, joystick, and load during the proposed AISCS
process. When the joystick backs to the middle position at time 7 s, the actuator stops, therefore,
the velocity and the pressure of the actuator are close to zero and the pump is unloading. When the
system works at the first level idle mode at time 15 s, the actuator still does not work, while the pump
supplies the oil to the HA and both the pressures of the HA and pump rise until the pressure of the HA
reaches the upper limited value. Then, the pump is unloading through the solenoid directional valve 2.
When the joystick leaves the middle position at time 40 s, both the HA and the pump supply the oil
to the actuator to make it work quickly. As the EM speed cannot reach its target speed as quickly as
possible, the outlet pressure of the pump is less than the load pressure, while the pressure of the HA is
above the load pressure. Accordingly, only the HA can drive the actuator in this working mode at the
time from 40 s to 44.6 s. The pressure differential between the HA and the load pressure almost keeps
constant to ensure that the HA have the capability to release the oil to the actuator. This indicates that
the HA can be an auxiliary energy to build up the pressure of the actuator quickly. When the outlet
pressure of the pumps reaches the pressure of the HA, the HA stops to work and only the pumps drive
the actuator. Even though it takes 2–5 s for the EM’s acceleration process, the system can still build
up the pressure quickly. Hence, the pressure differential control strategy can guarantee the control
performance for the actuator. Both Figures 5 and 6 indicate that the proposed AISCS can realize the
preset goals and the control strategy works well.

Figure 7 shows the pressures of the non-rod chamber of the actuator cylinder under different
pressure differential in the proposed AISCS process. The pressure differential Δp may influence the
dynamic response of the actuator movement. The larger the pressure differential, the more quickly the
actuator pressure is built up. When the pressure differential is 0 MPa, the pressure of HA is not larger
than the load pressure and HA cannot release oil to the actuator. The pressure is only built up by the
pump, so the load pressure drops at the beginning when AISCS is cancelled. This can conclude that
the proposed AISCS can build up the pressure quickly to drive the actuator with the suitable pressure
differential. The release characteristics of the HA is the key factor to decide the pressure differential
Δp, while the dynamic response of the EM is not rigorous in the proposed system.
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Figure 6. Pressures during the proposed AISCS process.

Figure 7. Pressures of the non-rod chamber of the actuator cylinder under different pressure differential.

4.3. Energy Saving

Energy saving is the main consideration of the modern construction machinery. It can be calculated
by the energy that is consumed by the traditional construction machinery and that of the proposed
construction machinery. Though the working time, which is about 20 s, is periodic, the idle time is
irregular and the actual idle time depends on the driver. Hence, the idle mode for testing the energy
saving in the novel automatic idle speed control system with hydraulic accumulator works only once.

The energy consumed of the system can be characterized by the output energy of the pump,
as follows,

Ep =
∫

ppQpdt = qpnpηc

∫
ppdt (12)

where, Ep is the output energy of the pump, J. ηc is the volumetric efficiency of the pump.
The AISCS with and without the HA has some influence on the energy consumption. Seen from

Figures 8 and 9, only at the time from 15 s to 17.6 s, the output pressure of the pump in AISCS with HA
is more high than that in the traditional AISCS, because the pump consumes more energy to charge the
HA at this process. However, both the EM speed and the output pressure of the pump in the idle time
is less than the other systems, which means that the energy consumption of the pump can be reduced
in the proposed system. It can be seen from Table 2 and Figure 10 that during the idle mode, including
the first level and second level idle mode, the system without the AISCS consumes 48.23 kJ energy, the
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AISCS without the HA consumes 30.07 kJ energy, and the proposed AISCS with the HA consumes
25.46 kJ energy. When compared with the system without AISCS, the energy-saving efficiency of the
system with the HA is 67% and that without the HA is 47%, which means that the proposed AISCS
can both improve the energy saving and control performance than the traditional AISCS.

Figure 8. EM speed comparison under different control system.

Figure 9. Pump pressure comparison under different control system.

Table 2. Energy saving in different system.

System Type Energy Consumed Energy Efficiency

No idle speed control 48,233 J -
AISCS with HA 15,950 J 67%

AISCS without HA 25,459 J 47%
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Figure 10. Energy consumption comparison in idle time under different control system.

5. Summary and Conclusions

According to the working cycle and the characteristics of the traditional AISCS of construction
machinery, a novel two-level AISCS with the HA is proposed. Some useful conclusions are obtained,
as follows.

1. The proposed AISCS can realize the EM speed switching among the first level idle speed, second
level idle speed, and normal speed based on the control strategy. The idle speed can set to a low
value, which is 500 rpm in the proposed AISCS to reduce the energy consumption.

2. The proposed AISCS with the HA can build up the load pressure quickly and make the load
follow the action of the joystick rapidly when the idle mode is cancelled. This can make the
actuator move more stably and smoothly.

The proposed AISCS with the HA can save 67% energy than the system without AISCS and can
improve the energy saving and control performance than the traditional AISCS.
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Abbreviations

EM Electric motor
HA Hydraulic accumulator
HE Hydraulic excavator
AISCS Automatic idle speed control system
CNG Compressed natural gas
PWM Pulse-width modulation
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Nomenclature

AL effective area of drive chamber of the cylinder
Cep external leakage coefficient of the pump
Cip internal leakage coefficient of the pump
k proportionality coefficient between the target velocity and the joystick pressure
np speed of the pump
n polytrophic exponent
pa0 pre-charge pressure of the HA
pa1 minimum working pressure of HA
pa2 maximum working pressure of HA
pau upper limited pressure of the HA
pax working pressure of the HA
pjL left side output pressure of the joystick
pjR right side output pressure of the joystick
Δpj pressure differential of the two sides of the joystick
pL load pressure
pLb non-rod chamber pressure of the actuator
pLs rod chamber pressure of the actuator
pLmax maximum pressure of the load
Δpac Preset pressure differential of HA
pp output port pressure of the pump
Δp the pressure differential between the HA and the load
Δpvalve pressure drop across the solenoid directional valve 1, multi-way valve and oil pipes
Qac flow rate of the HA
qp displacement of the pump
t time
T1 time that the system stay at the first level idle speed
T2 time that the system stay at the second level idle speed
V0 gas volume under the pressure p a0 of the HA
ΔV volume change of the HA
v actual velocity of the load
vt target velocity of the load
vtmax maximum target velocity of the actuator
δ a small positive value
ηc volumetric efficiency of the pump

References

1. Chen, Q.; Wu, W.; Liu, W.; Zhang, X. Research on pump control signal of excavator positive control system.
J. Hefei Univ. Technol. 2014, 37, 645–649.

2. Cheng, M.; Xu, B.; Yang, H. Efficiency Improvement for Electrohydraulic Flow Sharing Systems.
In Proceedings of the 9th International Fluid Power Conference, RWTH Aachen University, Aachen, Germany,
24–26 March 2014.

3. Sugimura, K.; Murrenhoff, H. Hybrid Load Sensing—Displacement Controlled Architecture for Excavators.
In Proceedings of the 14th Scandinavian International Conference on Fluid Power (SICFP'15), Tampere
University of Technology, Tampere, Finland, 20–22 May 2015; pp. 20–22.

4. Jackson, R.S.; Clanton, R.R.; Pfaff, J.L. Hydraulic Control Valve System with Electronic Load Sense Control,
U.S. Patent 7,089,733, 15 August 2006.

5. Lin, T.; Wang, Q.; Hu, B.; Gong, W. Development of hybrid powered hydraulic construction machinery.
Autom. Constr. 2010, 19, 11–19. [CrossRef]

6. Hippalgaonkar, R.; Ivantysynova, M.; Zimmerman, J. Fuel savings of a mini-excavator through a hydraulic
hybrid displacement controlled system. In Proceedings of the 8th International Fluid Power Conference,
Dresden, Germany, 26–28 March 2012; pp. 139–153.

77



Appl. Sci. 2018, 8, 496

7. Montazeri-Gh, M.; Poursamad, A.; Ghalichi, B. Application of genetic algorithm for optimization of control
strategy in parallel hybrid electric vehicles. J. Frankl. Inst. 2006, 343, 420–435. [CrossRef]
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Abstract: In order to accurately control the rotation position of a pneumatic rotary actuator, the flow
state of the gas and the motion state of the pneumatic rotary actuator in the pneumatic rotary
actuator position servo system are analyzed in this paper. The mathematical model of the system
and the experiment platform are established after that. An Adaptive Differential Evolution (ADE)
algorithm which adaptively ameliorates the scaling factor and crossover probability in the process
of individual evolution is proposed and applied to the parameter optimization of PD controller.
The experimental platform is used to compare the controller with Differential Evolution (DE)
algorithm and NCD-PID controller. Finally, the characteristics of the system are tested by increasing
the inertial load. The experimental results illustrate that system using ADE-PD control strategy has
greater position precision and faster response than using DE-PD and NCD-PID strategies, and shows
great robustness.

Keywords: pneumatic rotary actuator; rotation position; mathematical model; adaptive differential
evolution; parameter optimization

1. Introduction

Pneumatic systems have been rapidly developed in industrial production because of the
advantages of low cost, quick response, and great energy-saving [1–3]. The pneumatic rotary actuator
can realize the change of rotation angle, so it is widely used in the rotation of the mechanical
arm, the rotation of the platform, the opening and closing of the valve, and so on [4]. At present,
the “two points” control method is the most common method to control the rotation position of a
pneumatic rotary actuator, but it is difficult to realize the pinpoint at any position [5]. The pneumatic
servo control system can control the motion trajectory of the cylinder and make the positioning accurate
and efficient, which has become a hot research topic in pneumatic technology [6].

Short working strokes and great friction of the pneumatic rotary actuator make it difficult to apply
the control strategy of ordinary pneumatic actuator to the pneumatic rotary actuator [7]. Scholars
in various countries have made thorough studies of the servo control system of ordinary pneumatic
actuator, but the research on rotation position control of the pneumatic rotary actuator is rare. Therefore,
it is necessary to study the model establishment [8–10], parameter identification, and control strategy
of the pneumatic rotary actuator deeply [11].

Many scholars utilized the feedback of the actuator’s position signal or the two chamber pressure
to control the position accuracy. Rad et al. [12] studied the method that the position precision was well
controlled by position and pressure feedbacks of the actuator. Ren et al. [13] only used the feedback of
the position of the actuator to realize the tracking control of the position by an Adaptive Backstepping
Sliding Mode Control (ABSMC) method, which reduced the cost of the pneumatic system.

Adding the feedback of the pressure can solve the phenomenon of position slip caused by the
dead zone of the proportional valve. By further testing the performance of widely-used proportional
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directional control valves, we conclude that the valve MPYE-5-M5-010-B has very high sensitivity with
virtually no dead zone. Therefore, in this text, only the position signal is fed back to the controller,
and then the result is output to the proportional valve, the fast and accurate response of the position
can be realized.

The establishment of the model can lay a good foundation for the research [14–17], and the
application of control algorithm is also particularly important. Proportional-Integral-Differential (PID)
control is a typical representative of the classical control theory, which has the characteristics of a
simple algorithm, good robustness, high reliability, and relatively easy adjustment. However, due to
the serious nonlinearity of the pneumatic servo system, the simple classical PID cannot effectively
control it. The scholars, based on PID control, added some intelligent algorithms to improve the
control accuracy. BAI [18] established a mathematical model for the servo system of a vane rotary
actuator, and three parameters of PID control are optimized by fuzzy controller. Ahn et al. [19] applied
a pneumatic servo system to the PAM manipulator with artificial muscles and combined the traditional
PID controller with the Neural Network (NN) to design a nonlinear Neural Network PID controller
which did not need training in advance and adaptively adjusted the parameters. But, Fuzzy control
has low control accuracy, and the structure of the neural network is too complex. These limit the
application in practice.

At present, the development trend of pneumatic servo control systems is high efficiency and
energy saving [20–23]. Simplifying the structure of the system and controller and maintaining good
control accuracy and stability [24] have broad prospects in industrial applications. Kaitwanidvilai et al. [25]
applied Genetic Algorithm (GA) to the design of robust controller. By searching and evolving the
parameters, the optimal solution was obtained, which made the system control effect better and more
robust while simplifying the structure of controller.

To sum up, it is an effective method to optimize the three parameters of PID by using the
intelligent algorithm. The Nonlinear Control Design (NCD) toolbox in MATLAB/Simulink has been
able to optimize the three control parameters of the classic PID, which can be described as NCD-PID.
However, there will still be greater errors and fluctuations. Therefore, this paper proposes an Adaptive
Differential Evolution (ADE) algorithm to optimize the two parameters proportional and differential
(PD), which can be expressed as ADE-PD. ADE-PD can adjust parameters adaptively only with the
approximate range of the parameters. While using Differential Evolution (DE) algorithm to optimize
proportional and differential, DE-PD, needs the appropriate parameters to ensure a relatively good
result. The results of experiment show that system using ADE-PD control strategy has greater position
precision and faster response than using DE-PD and NCD-PID strategies, and shows great robustness.

2. Experimental Set-Up

The rack and pinion pneumatic rotary actuator is the actuator of pneumatic servo control system.
The composition and control principle of the system are described in Figure 1.

In Figure 1, the pneumatic connections are shown in solid lines and the electrical connections are
expressed in dashed lines. The air compressor generates compressed air, and the gas flows through
air filter, air regulator and air lubricator to become pure gas with stable pressure, which provides
power for the pneumatic system. Rack and pinion pneumatic rotary actuator is placed horizontally,
and the load is installed on the rotary table of it. Proportional directional control valve dominates flow
direction and flow of the gas at the inlet and outlet to control the rotation angle of the rotary table.
The rotary encoder transmits the rotation angle of actuator to the data acquisition card in Industrial
Personal Computer (IPC) by transistor-to-transistor logic (TTL) levels. The TTL levels are calculated
by the counter in data acquisition card. Therefore, the rotation angle of the actuator can be obtained.
The host computer established by Labview calls the control strategy compiled by MATLAB/Simulink
to deal with the difference between actual rotation angle and set rotation angle, and converts the result
into 0–10 V voltage signals. Then the signals are transmitted to the proportional directional control
valve to control actuator to reduce the deviation of rotation angle. The position of pneumatic rotary
actuator is controlled accurately in the above process of real time control.
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Figure 1. Schematic diagram of pneumatic rotary actuator position servo system (1—Air compressor;
2—Air filter; 3—Air regulator; 4—Air lubricator; 5—Proportional directional control valve; 6—Rotary
encoder; 7—Rack and pinion pneumatic rotary actuator; and 8—IPC).

The experimental components are selected reasonably according to the principle of the system,
and the experimental platform shown in Figure 2 is set up. Models and parameters of the main
components are shown in Table 1.

 

Figure 2. Experimental platform of pneumatic rotary actuator position servo system.

Table 1. Models and parameters of main components.

Component Model Parameters

Pneumatic rotary actuator SMC MSQA30A bore: 30 mm, maximum angle: 190◦
Proportional directional control valve FESTO MPYE-5-M5-010-B control voltage: 0~10 V, rated flow:100 L/min

Data acquisition card NI PCI-6229 32 bit counter, output voltage: −10~10 V
Rotary encoder OMRON E6B2-CWZ3E resolution: 1800 P/R

IPC IPC-610H standard configuration
F.R.L Unit AirTAC AC2000 maximum pressure: 1 MPa
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3. Modeling the System

Figure 3 is the schematic diagram of pneumatic rotary actuator controlled by proportional
directional control valve. Chamber a of the rack and pinion pneumatic rotary actuator has two
chambers in series, and so does chamber b. The proportional directional control valve is a 5/3-way
valve with five symmetrical valve ports. The direction of the proportional valve spool moving toward
the right is positive direction, in Figure 3.

It is assumed that the working medium is an ideal gas that satisfies the ideal gas state equation.
The gas in the actuator is uniform and the parameters of each point in the chamber are equal. There
is no leakage between the actuator and the environment or between the two chambers. Charge and
discharge processes from the outside to the chambers are fast, and the flow of gas in the system has no
friction loss and has no heat exchange with environment. Therefore, the flow process can be considered
as a reversible adiabatic process, that is, the isentropic process [26].
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Figure 3. Schematic diagram of the valve-controlled actuator.

3.1. Mass Flow Throttling Equation

According to the basic theories of gas dynamics and thermodynamics, the mass flow passing
through the port of proportional directional control valve is a function of independent variables which
are the displacement x of proportional valve spool and the gas pressures pa, pb of two chambers of the
actuator [27]. The function can be written as:

x ≥ 0,

⎧⎨⎩
·

Ma = fa(x, pa)
·

Mb = fb(x, pb)

x < 0,

⎧⎨⎩
·

Ma = fa′(x, pa)
·

Mb = fb′(x, pb)

. (1)

where
·

Ma denotes mass flow flowing into chamber a,
·

Mb is mass flow flowing out from chamber b, fa,
fa′, fb, and fb′ are symbols of different equations.
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When the proportional valve spool moves in the positive direction, x ≥ 0, and chamber a is in
charge state. The air supply is upflow, and chamber a is downflow. While chamber b is in discharge
state, in which chamber b is upflow, and the environment is downflow. The mass flow flowing through
chamber a and chamber b can be expressed by Equations (2) and (3) [28,29].
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where C represents flow coefficient of orifice in proportional valve; W is geometric cross-sectional area
gradient of orifice in proportional valve; and pa and pb are pressures of chamber a and b respectively;
ps is supply pressure; pe is atmospheric pressure; R is gas constant; Ts is ambient temperature; Tb is
gas temperature in chamber b; k is adiabatic index of ideal gas; and c0 is critical pressure ratio.

According to Shearer’s conclusion that the dynamic response of the system is independent of the
initial position [30], the position i of the piston in proportional valve can be set as the initial position.
At this point, the Equations (2) and (3) are linearized as Equation (4) by Taylor Formula.⎧⎨⎩ Δ

·
Ma = KmaΔx − KcaΔpa

Δ
·

Mb = KmbΔx − KcbΔpb

(4)

where Kma and Kmb are flow gains flowing through a port and b port of proportional valve, while Kca

and Kcb are flow-pressure coefficients correspondingly.
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Kcb = − ∂
·

Mb
∂pb
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) 2
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where pai and pbi stand for pressures of chamber a and b in working position i; Tbi stands for
temperature of chamber b in working position i; xi is displacement of proportional valve spool
in working position i.

When the system is in the initial state, valve spool is in the middle position. The displacement
of valve spool at this time is the same as the gap between spool and inwall of the valve, that is
xi = x0. And equations Tai = Tbi = Ts and pai = pbi are established. If the supply pressure ps and its
temperature Ts are given, Tai, Tbi, pai and pbi can be measured, and x0can also be tested experimentally.
Therefore, Kma, Kmb, Kca and Kcb can be calculated by Equations (5)–(8), respectively.

When the proportional valve spool moves in the negative direction, x < 0, and chamber a is in
discharge state. Chamber a is upflow, and the environment is downflow. While chamber b is in charge
state, in which air supply is upflow, and chamber b is downflow. The mass flow flowing through
chamber a and chamber b can be replaced by Equations (9) and (10).

·
Ma =

⎧⎪⎪⎪⎪⎨⎪⎪⎪⎪⎩
CWxpa√

RTa

√√√√ 2k
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[(
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) 2
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(
pe
pa

) k+1
k

](
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pa

≥ c0

)
CWxpa√

RTa

√
2k

k+1

(
2

k+1

) 2
k−1

(
pe
pa

< c0

) (9)

·
Mb =

⎧⎪⎪⎪⎪⎨⎪⎪⎪⎪⎩
CWxps√

RTs

√√√√ 2k
k−1

[(
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) 2
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(
pb
ps

) k+1
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](
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)
CWxps√

RTs

√
2k

k+1

(
2
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) 2
k−1

(
pb
ps

< c0

) (10)

where Ta is the gas temperature in chamber a.
Equation (4) is also applicable, but the values of Kma, Kmb, Kca and Kcb are changed. Equation (4)

can be rewritten as the form of load flow, which is expressed by Equation (11).

Δ
·

Ma + Δ
·

Mb = (Kma + Kmb)Δx − KcaΔpa − KcbΔpb (11)

3.2. Mass Flow Continuity Equation

According to the law of mass flow, the mass flow of the gas in chamber a and b is equal to the
mass change of inflow and outflow of gas per unit time, respectively, which can be written as⎧⎨⎩

·
Ma =

dMa
dt = d(ρaVa)

dt = ρa
dVa
dt + Va

dρa
dt

− ·
Mb = dMb

dt = d(ρbVb)
dt = ρb

dVb
dt + Vb

dρb
dt

(12)

where Ma and Mb are masses of gas in chamber a and b; ρa and ρb are densities of gas in chamber a

and b; and Va and Vb are volumes of gas in chamber a and b.
If gas state equation ρ = p

RT is substituted into Equation (12), we can obtain Equation (13).⎧⎨⎩
·

Ma =
1

RTa

(
pa

dVa
dt + Va

dpa
dt − paVa

Ta
dTa
dt

)
− ·

Mb = 1
RTb

(
pb

dVb
dt + Vb

dpb
dt − pbVb

Tb

dTb
dt

) (13)

According to the previous hypotheses, the temperature T and initial temperature T0 in the whole
process of the system satisfy the isentropic condition [31]:

T = T0

(
p
p0

) k−1
k

(14)

where p0 is the initial pressure. We can get the derivative of Equation (14).
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dT
dt

=
k − 1

k
T0

p0

(
p
p0

)− 1
k dp

dt
=

k − 1
k

T0

p

(
p
p0

) k−1
k dp

dt
=

k − 1
k

T
p

dp
dt

(15)

Substituting Equation (15) into (13) yields⎧⎨⎩
·

Ma =
1

RTak

(
Va

dpa
dt + kpa

dVa
dt

)
− ·

Mb = 1
RTbk

(
Vb

dpb
dt + kpb

dVb
dt

) . (16)

When the piston of pneumatic rotary actuator works near position i, it can be considered to make small
changes near the position [27]. By linearizing Equation (16), we obtain the increment of mass flow:⎧⎨⎩ Δ

·
Ma =

1
RTaik

[
(Vai)

d(Δpa)
dt + (kpai)

d(ΔVa)
dt

]
−Δ

·
Mb = 1

RTbik

[
(Vbi)

d(Δpb)
dt + (kpbi)

d(ΔVb)
dt

] . (17)

where Tai stands for temperature of chamber a in working position i, Vai and Vbi are volumes of gas of
chamber a and b in working position i. After setting the initial position as an intermediate position,
we take the total working volume of two chambers as 2V0, then the initial values are as follows:

Tai = Tbi = Ts,Vai = Vbi = V0, pai = pbi = pi

where pi stands for pressure of chambers in initial position i.
The displacement of the actuator piston is represented by y, and the effective area of the piston is

represented by A. The rotation angle of the actuator is represented by θ, and the pitch diameter of the
pinion is d f . Then there is the following relationship:

− d(ΔVa)

dt
=

d(ΔVb)

dt
= A

d(Δy)
dt

=
1
2

Ad f
d(Δθ)

dt
(18)

We combine Equation (17) with Equation (18), and obtain

Δ
·

Ma + Δ
·

Mb =
1

RTsk

[
V0

(
d(Δpa)

dt
− d(Δpb)

dt

)
+ Akpid f

d(Δθ)

dt

]
(19)

3.3. Mechanical Equation of the Pneumatic Rotary Actuator

From Newton’s second law, we can get the moment balance equation of rack and pinion pneumatic
rotary actuator [32]:

Ad f (pa − pb) =
1
2

md2
f
d2θ

dt2 + J
d2θ

dt2 +
1
2

Bd2
f
dθ

dt
+ ML + Mf (20)

where: m is mass of one piston of the actuator; J is moment of inertia of pinion; B is viscosity damping
coefficient; ML is load moment; and Mf is friction moment.

3.4. Block Diagram and Transfer Function of the Pneumatic Rotary Actuator

We set two parameters pL and Km, and pL = pa − pb, Km = Kma + Kmb.
By Laplace transform, Equations (11), (19), and (20) can be rewritten as:

Δ
·

Ma(s) + Δ
·

Mb(s) = Kmx(s)− Kca pL(s)− (Kca + Kcb)Δpb(s) (21)

Δ
·

Ma(s) + Δ
·

Mb(s) =
1

RTsk

{
V0spL(s) + Akpid f sθ(s)

}
(22)
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[(
1
2

md2
f + J

)
s2 +

1
2

Bd2
f s
]

θ(s) = Ad f pL(s)− ML(s)− Mf (s). (23)

The block diagram of the pneumatic rotary actuator system, shown in Figure 4, can be obtained
by Equations (21)–(23).

ca
s

VK s
kRT

fAd
f fmd J s Bd s

LM s

fM s

sx s

i f

s

p Ad
s

RT

Lp s
mK

bp s
ca cbK K

Figure 4. Block diagram of the pneumatic rotary actuator system.

The transfer function of the pneumatic rotary actuator system can be derived directly by the
block diagram:

(1) After setting load moment ML, friction moment Mf , and pb to zero, we obtain the transfer
function from the displacement x of proportional valve spool to the output angle θ of pneumatic
rotary actuator, which can be simplified as:

θx(s)
x(s)

=
KT

s
(

s2

ω2
0
+ 2ζ

ω0
s + 1

) (24)

where: gain

KT =
2Km ARTs

Bd f KcaRTs + 2A2d f pi
, (25)

natural frequency

ω0 =

√√√√√Bd2
f KcakRTs + 2kA2d2

f pi(
md2

f + 2J
)

V0

, (26)

and damping ratio

ζ =
KcakRTs

(
md2

f + 2J
)
+ Bd2

f V0

2
√(

md2
f + 2J

)(
Bd2

f KcakRTs + 2kA2d2
f pi

)
V0

(27)

(2) After setting displacement x of proportional valve spool and pb to zero, we obtain the transfer
function from ML + Mf to the output angle θ of pneumatic rotary actuator, which can be
predigested as:

θM(s)
ML(s) + Mf (s)

= −
KT

Km Ad f

(
Kca +

V0
kRTs

s
)

s
(

s2

ω2
0
+ 2ζ

ω0
s + 1

) . (28)
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(3) After setting displacement x of proportional valve spool, load moment ML and friction moment
Mf to zero, we obtain the transfer function from the friction pb to the output angle θ of pneumatic
rotary actuator, which can be simplified as

θp(s)
pb(s)

= −
KT
Km

(Kca + Kcb)

s
(

s2

ω2
0
+ 2ζ

ω0
s + 1

) (29)

(4) Total output of the pneumatic rotary actuator system is

θ(s) = θx(s) + θM(s) + θp(s) =
KTx(s)− KT

Km Ad f

(
Kca +

V0

kRTs
s
)[

ML(s) + Mf (s)
]
− KT

Km
(Kca + Kcb)pb(s)

s

(
s2

ω2
0
+

2ζ

ω0
s + 1

) . (30)

3.5. Transfer Function of Proportional Directional Control Valve and Servo Amplifier

The natural frequency of the proportional directional control valve is 5~7 times larger than that
of pneumatic rotary actuator. Hence, the proportional directional control valve responds quickly.
Generally, its impact on the system can be ignored, and its transfer function can be regarded as a
proportional link [33], which can be expressed by Equation (31).

x(s)
U(s)

= Kv (31)

where U(s) is the Laplace transform of the output voltage of servo amplifier; Kv is gain of proportional
directional control valve.

The transfer function of the servo amplifier can be described as follows:

U(s)
θr(s)− θ(s)

= Ka (32)

where θr(s) is the Laplace transform of the system input angle; Ka is gain of servo amplifier.

3.6. Transfer Function of the System

From Equations (30)–(32), the block diagram of the servo system shown in Figure 5 can be obtained.

aK vK
TK

ss s

L fM s M s

s

ca
s

m f

VK s
kRT

K Ad

r s
U s x s

bp sca cb

m

K K
K

Figure 5. Block diagram of the pneumatic rotary actuator servo system.
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Then the open-loop transfer function of the system can be obtained by the block diagram of the
pneumatic rotary actuator servo system.

G(s) =
KaKvKT

s
(

s2

ω2
0
+ 2ζ

ω0
s + 1

) (33)

The initial parameter values of the model can be obtained, and shown in Table 2.

Table 2. Values of model parameters.

Parameter Value Parameter Value

A 3.4636 × 10−4 [m2] m 0.21 [kg]
B 228 [N·s/m] pe 1.013 × 105 [Pa]
C 0.68 R 287 [J/(kg·K)]
c0 0.21 Ts 293 [K]
df 0.014 [m] V0 1.6767 × 10−5 [m3]
J 1.678 × 10−4 [kg·m2] W 3.1415 × 10−2 [m]
k 1.4 x0 5 × 10−6 [m]

4. Adaptive Differential Evolution (ADE) Algorithm

Differential Evolution (DE) algorithm is a global optimization method based on swarm intelligence,
which intelligently optimizes the evolution of the population through mutation, crossover and selection
among individuals [34]. The idea of Differential Evolution (DE) algorithm is [35]: the initial individuals
are randomly generated in the population, and the vector difference between any two individuals in
the population is calculated; the vector difference is weighted according to a certain rule and summed
up with the third individual to generate a new individual; if the fitness of the new individual is better
than the target individual, the new individual will be used instead of the target individual to enter
the next generation; otherwise, the old individual will continue the calculation of the next generation,
so that the result will approximate to the optimal solution through the above iterative operation.

Adaptive Differential Evolution (ADE) algorithm ameliorates the scaling factor and crossover
probability so that they can be adaptively changed during the iterative process, which improves the
convergence precision and speeds up the convergence [36]. Since Adaptive Differential Evolution
(ADE) algorithm has fewer parameters, strong global convergence and rapid convergence [37], it is
suitable for the parameters tuning of pneumatic rotary actuator servo system.

Adaptive Differential Evolution (ADE) algorithm contains the following four steps.

4.1. Generating the Initial Population

The population contains Np D-dimensional vectors, whose parameters are real numbers. The i-th
vector of the g-th generation can be marked as xi,g. i = 1, 2, 3 . . . Np, g = 1, 2, 3 . . . G, where G is the
maximum generation. xi,g =

(
xj,i,g

)
, j = 1, 2, 3 . . . D, where xj,i,g is j-th parameter of i-th vector.

The parent vector parameters xj,i,0 are randomly generated and can be described by Equation (34).

xj,i,0 = randj(0, 1) ·
(

bU
j − bL

j

)
+ bL

j (34)

where randj(0, 1) is the random number generated in the interval [0, 1]; bU
j and bL

j are two
D-dimensional initial vectors. The superscripts U and L denote the upper bound and lower
bound, respectively.

4.2. Mutation Operation

After initialization, a population consisting of Np test vectors is produced by mutating the parent
population. The mutation operation is to add a scalable difference between two randomly selected
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vectors to a third vector. Equation (35) shows how to combine three different and randomly selected
vectors to produce a mutant vector vi,g.

vi,g = vr0,g + F · (vr1,g − vr2,g
)

(35)

where random indexes r0, r1, r2∈
{

1, 2, 3...Np
}

.
We adjust the value of the scaling factor F with a diminishing concave function. In the early

stage of the algorithm, the value of F is larger, and there is a larger population space, so the local
extremum is not easy to appear and the convergence precision is improved. In the latter part of the
algorithm, the value of F is smaller, which helps to converge rapidly in the best range and increase the
convergence rate [38]. The scaling factor F can be given as:

F = (Fmax − Fmin)

(
G − g

G

)2
+ Fmin (36)

where Fmax is the maximum value of F; Fmin is the minimum value of F.
Merging Equations (36) and (35) yields:

vi,g = vr0,g +

[
(Fmax − Fmin)

(
G − g

G

)2
+ Fmin

](
vr1,g − vr2,g

)
. (37)

4.3. Crossover Operation

Cross operation makes use of the parameters copied from two different vectors to form the test
vector ui,g. Cross operation compares the results of crossover probability CR to a uniform random
number generator randj(0, 1). If the random number is less than or equal to CR, the test parameter
will inherit the mutant vector vi,g, otherwise the parameter will be copied from the vector xi,g. Cross
operation can be described by:

ui,g = uj,i,g =

{
vj,i,g , randj(0, 1) ≤ CR
xj,i,g , randj(0, 1) > CR

(38)

where vj,i,g is j-th parameter of i-th mutant vector, uj,i,g is j-th parameter of i-th test vector.
We use an increasing convex function to adjust the crossover probability, CR. In the initial stage

of the algorithm, CR has a smaller value, and there is a larger population space, which improves the
global convergence capability. In the latter part of the algorithm, CR takes a larger value and improves
the convergence speed. The crossover probability, CR, can be given as:

CR = CRmin + (CRmax − CRmin)
( g

G

)2
(39)

where CRmax is the maximum value of CR; CRmin is the minimum value of CR.

4.4. Selection Operation

If the target function value of the test vector is less than or equal to the target function value of
the target vector, the test vector will enter the next generation, otherwise the target vector will enter
the next generation. The target function can be represented by the symbol fc. So the number of vectors
remains unchanged, and the fitness will be better or remain the same. The selection operation process
can be expressed as follows:

xi,g+1 =

{
ui,g, fc

(
ui,g

)
< fc

(
xi,g

)
xi,g, else

. (40)
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Operations of mutation, crossover, and selection were circulated in turn until the maximum
number of evolutionary iterations, G, was reached.

5. ADE-PD Controller Design

The PD controller can make the system respond quickly and have little lag. So, it is used to
optimize the control of the pneumatic rotary actuator servo system, and the parameters kp and kd of
PD controller are tuned by Adaptive Differential Evolution (ADE) algorithm [39]. The first order low
pass filter is also used in the system in order to reduce other interferences of the measurement channel
and ensure the stability of the deviation e(n). The schematic diagram of the control system with the
ADE-PD controller is shown in Figure 6. The controller can be expressed in a time-discrete way [40].

tr n e n z ne n

Figure 6. Schematic diagram of control system with ADE-PD controller.

The relationship between the input and output signals of the first order low pass filter is:

e′(n) = (1 − α)e′(n − 1) + αe(n) (41)

where e(n) and e′(n) are input and output of the filter at the n-th sampling, n = 1, 2, 3 . . . ; filter
coefficient α = 1 − e−TP/τ , where TP is sampling period, and τ is time constant.

The discrete PD algorithm can be expressed as:

z(n) = kp

{
e′(n) + Td

TP
[e′(n)− e′(n − 1)]

}
= kpe′(n) + kd[e′(n)− e′(n − 1)] (42)

where z(n) is output of the controller, Td is differential time constant, kp is proportional coefficient,
and kd is differential coefficient, kd = kpTd/TP.

In order to obtain the satisfactory dynamic characteristics of the transient process, the discrete
integral of time-weighted absolute value of the error (ITAE) is used as the minimum target function
of the parameter selection. The square of the input is added to the target function, so as to prevent
excessive control. The optimal index in the process of optimizing parameters kp and kd is given as:

I =
Z

∑
n=1

[
w1|e′(n)|+ w2θ2

r (n)
]

TP (43)

where Z is total points of sampling; w1 and w2 are weights.
In order to avoid overshoot, the penalty function is used, that is, once the overshoot is produced,

the overshoot is added as one part of the optimal index. At this time, the optimal index is:

when e′(n) < 0, I =
Z

∑
n=1

[
w1|e′(n)|+ w2θ2

r (n) + w3|e′(n)|
]

TP (44)

where w3 is weight, w3  w1.
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The flowchart of optimizing parameters with Adaptive Differential Evolution (ADE) algorithm is
described in Figure 7.

Figure 7. Flow chart of parameter tuning of ADE-PD controller.

6. Experiment and Analysis

The supply pressure of the experiment is 0.6 MPa, and the gas temperature is 20 ◦C. We select
some parameters which are suitable for this system. The number of individuals is 30, the proportional
coefficient kp is in the interval [−5, 20], the range of the differential coefficient kd is [−1, 1], where
adding ranges of negative numbers can lead to better iterative processes, and cannot affect final results
that are positive. The weights w1 = 0.999, w2 = 0.001, and w3 = 10, and the evolutionary iterations
G = 50. Sampling period TP is 1 ms.

6.1. Parameters Selection and Comparison with DE Algorithms

The DE-PD controller is used to control the system in the experiment firstly. When crossover
probability CR is set to 0.6, we can obtain different trajectory curves of pneumatic rotary actuator by
changing the value of scaling factor F to analyze the influence of parameter F on the system. Figure 8
shows different results of rotation positions of the actuator and cost functions Ii when F = 0.04, 0.05–1.4,
1.6, and 1.8. It can be observed from Figure 8a that the overshoot and fluctuation of position curve are
the least and almost unchanged when F is 0.05~1.4. Overly high or low F can affect the stability of the
trajectory. Figure 8b reveals different convergent processes when F changes, and it verifies that the
higher F is, the slower the convergence rate is.

In the same way, different trajectory curves are shown in Figure 9a when CR = 0.1, 0.3, 0.5~1.5,
and 1.7 after F is set to 1.0. In the interval of CR [0.5,1.5], the overshoot and fluctuation of position
curve are the least, and there are large fluctuations of rotation with other values of CR. From Figure 9b,
we can also conclude that larger CR can make the convergence faster.
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(a) (b)

Figure 8. Comparison of experimental results with changed F, (a) Rotation positions; (b) Cost functions Ii.

(a) (b) 

Figure 9. Comparison of experimental results with changed CR, (a) Rotation positions; (b) Cost
functions Ii.

Then another experiment is done with ADE-PD control by changing Fmax, Fmin, CRmax, and CRmin.
Figure 10 shows different rotation positions with ADE-PD control and the trajectory of the actuator
performs best when Fmax = 1.5, Fmin = 1.0, CRmax = 0.9, and CRmin = 0.6. We compare the curves
controlled by ADE and DE in Figure 11, and come to a conclusion that position curve controlled by
ADE-PD has smaller overshoot and fluctuation.

Figure 10. Different rotation positions with ADE-PD control.

92



Appl. Sci. 2018, 8, 406

Figure 11. Comparison of curves controlled by ADE-PD and DE-PD.

6.2. Comparison with NCD-PID Control

In the experiment, the PID controller optimized by NCD is also used to control rotation position
and is compared with the ADE-PD controller. Firstly, the target angle is set as 10◦. As shown in
Figure 12, the response curve controlled by ADE-PD controller reaches peak in 0.101 s, and reaches the
steady state in 0.355 s, and the steady state error is controlled within 0.1◦. However, the peak time of
the response curve controlled by NCD-PID controller is 0.95 s, and at the same time, the steady state
error is 0.15◦, and there are slight fluctuations throughout the process. So system based on ADE-PD
control has greater position precision and faster response.

(a) (b)

Figure 12. Comparison of curves controlled by ADE-PD and NCD-PID: (a) Rotation positions and
(b) Errors.

If the input signals are changed to sinusoidal waves with different frequencies, we can obtain the
trackings of the position. Figures 13–15 show comparisons of tracking curves when the frequency of
sinusoidal signal is 5 rad/s, 10 rad/s, and 3 rad/s, respectively. As shown in Figure 13c, steady state
error controlled by ADE-PD is 0.06◦, while the error controlled by NCD-PID is 0.25◦. In Figure 14c,
the steady state error controlled by ADE-PD is 0.22◦, and the error controlled by NCD-PID is 0.41◦.
Finally, the steady state error controlled by ADE-PD is 0.04◦, while the error controlled by NCD-PID is
0.17◦ in Figure 15c.

By contrasting the errors in Figure 13c, Figure 14c andFigure 15c, we come to a conclusion that
the control precision of the system becomes worse with the increase of the frequency of sinusoidal
wave. And in Figures 12a, 13b, 14b and 15b, there are persistent fluctuations in steady state because of
stickiness in the actuator when changing the direction of motion. The system based on ADE-PD control
can reduce the occurrence of stickiness and has less errors and fluctuations as shown in Figure 12b,
Figure 13c, Figure 14c andFigure 15c.
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(a) (b)

(c)

Figure 13. Comparison of tracking curves when the frequency of sinusoidal signal is 5 rad/s:
(a) Tracking curve controlled by ADE-PD; (b) Tracking curve controlled by NCD-PID; and (c) Errors.

(a) (b) 

(c) 

Figure 14. Comparison of tracking curves when the frequency of sinusoidal signal is 10 rad/s:
(a) Tracking curve controlled by ADE-PD; (b) Tracking curve controlled by NCD-PID; and (c) Errors.
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(a) (b) 

(c) 

Figure 15. Comparison of tracking curves when the frequency of sinusoidal signal is 10 rad/s:
(a) Tracking curve controlled by ADE-PD; (b) Tracking curve controlled by NCD-PID; and (c) Errors.

6.3. Discussion on Increasing Inertia Load

The moment of inertia of the pneumatic rotary actuator itself is 1.678 × 10−4 kg·m2, which can
be increased by loading block on rotating platform. Tracking curves are shown in Figure 16 when
moment of inertia is 3.2 × 10−4 kg·m2, and the curves are shown in Figure 17 when moment of inertia
is 4.5 × 10−4 kg·m2. Figure 16a,b describe rotation positions tracking fixed value, while Figure 17a,b
provide rotation positions tracking sinusoidal signal whose frequency is 5 rad/s.

From the results in Figure 12b, Figure 16b, and Figure 17b, we summarize that increasing the
inertia load can increase the rotation fluctuation and error. And it can be observed from Equations
(25) and (26) that increasing the moment of inertia will reduce natural frequency and damping ratio.
Thereby it makes the error increase and even deviate from center, which is obtained from Figure 13c,
Figure 16d, and Figure 17d. Even so, the system has relatively stable trajectories and tiny errors which
are within 0.27◦, and shows good robustness.

(a) (b)

Figure 16. Cont.
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(c) (d)

Figure 16. Tracking curves when moment of inertia is 3.2 × 10−4 kg·m2: (a) Rotation position tracking
fixed value; (b) Error tracking fixed value; (c) Rotation position tracking sinusoidal signal; and (d) Error
tracking sinusoidal signal.

(a) (b) 

(c) (d) 

Figure 17. Tracking curves when moment of inertia is 4.5 × 10−4 kg·m2: (a) Rotation position tracking
fixed value; (b) Error tracking fixed value; (c) Rotation position tracking sinusoidal signal; and (d) Error
tracking sinusoidal signal.

7. Conclusions

In this paper, the pneumatic rotary actuator position servo system is studied and analyzed,
and an experimental platform is set up. The motion laws of the rack and pinion pneumatic rotary
actuator and the proportional directional control valve are analyzed. Starting from the flow of gas
flowing through the proportional directional control valve and the motion state of the pneumatic
rotary actuator, the basic equations of the actuator controlled by the valve are obtained and linearized
near the middle position, and the mathematical model of the pneumatic rotary actuator is deduced.

96



Appl. Sci. 2018, 8, 406

Then the mathematical model of the whole system is obtained. The establishment of this model lays a
foundation for the research of theory and experiment.

An Adaptive Differential Evolution (ADE) algorithm is proposed in this paper. In the process of
individual variation, the values of scaling factor and crossover probability are adjusted by a decreasing
concave function and an increasing convex function, respectively, which improves the accuracy and
the speed of algorithm optimization. The ADE-PD controller is designed to control the pneumatic
rotary actuator position servo system, and the experimental platform is used to select parameters,
compare the controller with DE algorithm, and compare with PID controller by changing input signals.
Finally, the characteristics of the system are discussed by increasing the inertia load. The conclusions
obtained from experiments can be summarized as follows:

(a) Different values of F and CR can change the stability of the control. Rotation position controlled by
ADE-PD has smaller overshoot and fluctuation than others controlled by DE-PD when Fmax = 1.5,
Fmin = 1.0, CRmax = 0.9, CRmin = 0.6.

(b) The control precision of the system becomes worse with the increase of the frequency of
sinusoidal wave. And there are persistent fluctuations in steady state because of stickiness
in the actuator when changing the direction of motion. The system based on ADE-PD control can
reduce the occurrence of stickiness, and has greater position precision and faster response than
NCD-PID control.

(c) Increasing the moment of inertia will reduce natural frequency and damping ratio, and make the
error increase and even deviate from center. Even so, the system has relatively stable trajectories
and tiny errors, which shows great robustness.

(d) Although a resonance is expected by the compressibility and the friction could cause a small
displacement instability, a reasonable control can be obtained.
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Nomenclature

A effective area of the piston of actuator [m2]
bU

j ; bL
j two D-dimensional initial vectors

B viscosity damping coefficient [N·s/m]
c0 critical pressure ratio = 0.21
C flow coefficient of orifice of proportional valve = 0.68
CR; CRmax; CRmin crossover probability
d f pitch diameter of the pinion [m]
D the number of dimensions of vectors
e(n); e′(n) input and output of the filter at the n-th sampling
fa,b; fa,b′ function of mass flow passing through the port of proportional valve
fc target function
F scaling factor
g the number of evolutionary iterations
G the maximum generation
I; Ii optimal index; cost function value
J moment of inertia of pinion [kg·m2]
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k adiabatic index of ideal gas = 1.4
kd differential coefficient
kp proportional coefficient
Ka gain of servo amplifier [V/rad]
Kca,cb flow-pressure coefficients
Km sum of flow-pressure coefficient and flow gain
Kma,mb flow gains flowing through a port and b port of proportional valve
KT gain of pneumatic rotary actuator [rad/m]
Kv gain of proportional directional control valve [m/V]
m mass of one piston in the actuator [kg]
Ma,b mass of gas in chamber a or b [kg]
Mf friction moment [N·m]
ML load moment [N·m]
·

Ma,b mass flow flowing into chamber a or flowing out from chamber b [kg/s]

n sampling times
Np the number of D-dimensional vectors
pa,b pressure of chamber a or b [Pa]
pai,bi pressure of chamber a or b in working position i [Pa]
pe atmospheric pressure [Pa]
pL difference between pa and pb [Pa]
ps supply pressure [Pa]
randj(0, 1) random number generated in the interval [0,1]
R gas constant = 287 [J/(kg·K)]
t time [s]
T0 initial temperature [K]
Ta,b gas temperature in chamber a or b [K]
Tai,bi temperature of chamber a or b in working position i [K]
Td differential time constant
TP sampling period [ms]
Ts ambient temperature = 293 [K]
ui,g; uj,i,g test vector; j-th parameter of i-th test vector
U(s) Laplace transform of the output voltage of servo amplifier
vi,g; vj,i,g mutant vector; j-th parameter of i-th mutant vector
V0 value of the volume of gas [m3]
Va,b volume of gas in chamber a or b [m3]
Vai,bi volume of gas of chamber a or b in working position i [m3]
w1,2,3 weights
W geometric cross-sectional area gradient of orifice in proportional valve [m]
x displacement of proportional valve spool [m]
x0 the gap between valve spool and inwall of the valve [m]
xi displacement of proportional valve spool in working position i [m]
xi,g; xj,i,g the i-th vector of the g-th generation;j-th parameter of i-th vector
y displacement of the actuator piston [m]
z(n) output of the controller
Z total points of sampling
α filter coefficient
ζ damping ratio
θ rotation angle of the actuator [rad]
θx,M,p(s) Laplace transform of rotation angle of the actuator when input is x, ML + Mf and pb
θr(s) Laplace transform of the system input angle
ρa,b density of gas in chamber a or b [kg/m3]
τ time constant
ω0 natural frequency [Hz]
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Abstract: Transient pressure investigation of water-hydraulic pipelines is a challenge in the fluid
transmission field, since the flow continuity equation and momentum equation are partial differential,
and the vaporous cavitation has high dynamics; the frictional force caused by fluid viscosity is
especially uncertain. In this study, due to the different transient pressure dynamics in upstream
and downstream pipelines, the finite difference method (FDM) is adopted to handle pressure
transients with and without cavitation, as well as steady friction and frequency-dependent unsteady
friction. Different from the traditional method of characteristics (MOC), the FDM is advantageous
in terms of the simple and convenient computation. Furthermore, the mechanism of cavitation
growth and collapse are captured both upstream and downstream of the water-hydraulic pipeline,
i.e., the cavitation start time, the end time, the duration, the maximum volume, and the corresponding
time points. By referring to the experimental results of two previous works, the comparative
simulation results of two computation methods are verified in experimental water-hydraulic pipelines,
which indicates that the finite difference method shows better data consistency than the MOC.

Keywords: water-hydraulic pipelines; pressure transients; cavitation; finite difference method;
method of characteristics

1. Introduction

Transient pressure pulsations generated by the rapid closure of a valve would easily cause
hydraulic pipeline systems to burst because the pressure pulsations exceed the safe operating range of
such pipelines. Violent pressure pulsations result in cavitation growth and collapse in these systems.
To study the mechanism of cavitation during pressure transient pulsations, it is necessary to investigate
the cavitation appearance, its volume evaluation, and the effect on the pipeline and hydraulic systems.

Pressure transients with cavitation in pipelines have been investigated by many researchers.
Kojima et al. [1] presented the gas-nonbubbly flow model to predict pressure increments, which involved
cavitation on the downstream side of the pipeline as a valve was instantaneously closed. They used
a water–glycol mixture and an oil/water emulsion fluid including mineral oil as working fluids and
compared the computed pressure pulsations with experimental results. Chaudhry et al. [2,3] then
proposed a MacCormack scheme and a Gabutti scheme for pressure transient analysis, which was verified
both in computed simulation and experimental studies. Although modeling accuracy was achieved,
discrepancies in the pressure magnitudes between simulations and experiments were found. Transient
pressure pulsations often lead to unexpected chatter, overshooting, and a zero bias of tracking error in
the electrohydraulic control system [4–7]. Shu et al. [8–10] developed a vaporous cavitation model that
used a two-phase homogeneous equilibrium to simulate pipeline pressure transients with upstream,
midstream, and downstream cavitation. Bergant et al. [11,12] discussed three cavitation models:
the discrete vapor cavity model (DVCM), the discrete gas cavity model (DGCM), and the generalized
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interface vaporous cavitation model (GIVCM). The comparative results of the three cavitation models
indicated that the GIVCM was able to directly obtain the regions of vaporous cavitation occurrence.
Jiang et al. [13–16], via genetic algorithms, developed the parametric identification of the gas bubble
model and the frequency-dependent friction model. Parametric identification and noise suppression
are also addressed in mechanical ventilation [17–20]. Sadafi et al. [21] recently studied water hammers
with cavitation in a simple reservoir-pipeline-valve system and a pumping station. Karadžić et al. [22]
verified the robustness of the DGCM via analysis of the experimental results. Iglesias-Rey et al. [23]
performed a detailed study of the actual behavior of different valves (both air intake and exhaust) and
described the mathematical characterization of different commercial valves. Fuertes-Miquel et al. [24]
presented a numerical modeling of pipelines with air pockets and air valves to study the behavior of
the air inside pipes as the air was expelled through air valves. Majd et al. [25] investigated the unsteady
flow of a non-Newtonian fluid due to the instantaneous valve closure in a pipeline. Comparison
revealed a remarkable deviation in pressure history and velocity profile with respect to the water
hammer in Newtonian fluids. Zhou et al. [26] adopted a second-order finite volume method for
cavitation in the water column separation of pipelines to capture vapor cavities and predict their
growth and collapse. Wang et al. [27] adopted a two-dimensional CFD model to characterize liquid
column separation. The simulation results revealed the formation of an intermediate cavity and both
the location and shape of the region undergoing distributed vaporous cavitation. Himr [28] also
studied water hammers with column separation as a one-dimensional flow. The volume of the cavity
was determined by Gibson’s method, and the air bubbles were considered to affect the speed of sound.

Thanks to the research development of transient pressure in the fluid transmission field, the main
contributions of this paper are as follows:

(i) Different from [10], a pressure transient model of water-hydraulic pipelines is constructed to
reveal both the transient pressure magnitude and the dynamic characteristics of cavitation volume.
To the authors’ best knowledge, there have been few attempts to predict cavitation volume changes and
illustrate its influence on pressure transients in hydraulic pipelines, as described in [14,15]. Although
the simplified cavitation model is based on a flow continuity principle [29], the frictional force in
pipelines involving the steady friction force and the frequency-dependent unsteady friction should be
a primary consideration in pressure transient analysis.

(ii) Different from the MOC, the FDM is adopted to estimate the magnitudes of the pressure peaks
and the changes in cavitation volume to adapt the transient pressure both with and without cavitation.
Simultaneously, the respective boundary conditions of both the upstream and downstream sides of the
valve are also considered. A comparison with the MOC is made; results are verified by the percentage
of the integral of the absolute difference (IAD) between simulation and experimental reference results.

2. Mathematical Models

2.1. Basic Equations without Cavitation

The simple water-hydraulic pipe is shown in Figure 1. To illustrate the propagation and reflection
of the pressure transients, the sequence of events, which is caused by a valve closure in the middle
of the pipe connected with the downstream and upstream tanks, will be discussed. Without a loss of
generality, the pipe diameter is assumed to be constant, and the released gas is negligible.

The general model of pressure transients in the pipeline involves the continuity equation and the
momentum equation, which are mentioned in Wylie et al. [29]. The continuity equation is derived
from the mass conservation law as follows:

1
c2

0

∂p
∂t

+
ρ

πr2
0

∂q
∂x

= 0, (1)

where p is the pressure in pipeline, q is the flow rate, ρ is the density of fluid, c0 is the acoustic velocity
in the fluid, r0 is the radius of the pipeline, x is the spatial variable, and t is the time variable.
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Meanwhile, the equation of momentum is constructed by Newton’s law of motion as follows:

ρ

πr2
0

∂q
∂t

+
∂p
∂x

+ F(q) = 0. (2)

In Equation (1), c0 can be given by

c0 =
√

Be f f /ρ, (3)

where Be f f is the effective bulk modulus.

Figure 1. Tank-pipeline-valve system.

2.2. Continuity Equation under Vaporous Cavitation Condition

The cavitation normally arises when the pressure transients in pipelines are closed to the vapor
pressure. If the pressure in the pipeline drops to or below the vapor pressure, vapor cavitation will
form. Furthermore, if the pressure stays at the level of the vapor pressure and the cavitation size has
approached a critical diameter, the cavitation will continue to grow rapidly. However, the cavitation
will be unstable and collapse until the pressure is greater than the vapor pressure.

Pettersson et al. [30] and Harris et al. [31] presented a relatively simple cavitation model that
illustrates the dynamic characteristics of piston pumps and can capture the key aspects of cavitation.
Since the pressure in the pipeline element is assumed to be the vapor pressure under a vaporous
cavitation condition, according to the flow continuity principle, the dynamics of the cavitation volume
Vcav is given by

dVcav

dt
= qout − qin, (4)

where qout and qin are the outflow rate and inflow rate of an element in the pipe, respectively.

2.3. Frictional Items

Due to the fluid viscosity, the frictional force F(q) in Equation (2) can be described as the sum of
the steady friction item and the frequency-dependent unsteady friction item. Zielke [32] considered the
frequency-dependent friction item as some weighting functions described in the frequency domain via
Laplace transform. Subsequently, Trikha [33] proposed three exponent function items to estimate the
frequency-dependent friction. Then, Taylor et al. [34] optimized the coefficients of the Trikha model
and proposed an approximate model with four exponent function items as follows:

F(q) = F0 +
1
2

4

∑
i=1

Yi, (5)
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where the first item F0 is the steady friction, and the second item is the frequency-dependent unsteady
friction. Based on the Darcy–Weisbach equation, F0 can be expressed as

F0 =
ρ f v |v|

4r0
. (6)

The four items of frequency-dependent friction Yi can be computed by⎧⎪⎨⎪⎩
∂Yi
∂t

= −niμ

ρr2
0

Yi + mi
∂F0

∂t

Yi(0) = 0
, i = 1, . . . , 4 (7)

where the constants ni and mi are listed in Table 1.

Table 1. ni and mi.

i 1 2 3 4

ni 3.9479 × 101 2.9829 × 102 2.2279 × 103 8.8782 × 104

mi 2.0141 5.3946 1.6259 × 101 3.2048 × 102

3. Simulation Methods

Two predictive methods, i.e., MOC and FDM, are presented. In order to solve the two partial
differential equations in terms of pressure and flow rate, the pipeline is divided into n elements of
equal length Δx = L/n, where L is the pipeline length. It should be noted that different test values
of the pipeline length L can be selected in simulation. The FDM is implemented to describe pressure
transients on the downstream and upstream sides of the valve, respectively.

3.1. Method of Characteristics

The continuity equation (Equation (1)) should be solved together with the momentum equation
(Equation (2)) since they are partial differential forms about the two unknown parameters p and q.
However, via the MOC, they can be transformed into ordinary differential equations (Equations (8)
and (9)) along the characteristic lines C+ and C−.

C+ :

⎧⎪⎪⎨⎪⎪⎩
ρc0

πr2
0

dq
dt

+
dp
dt

+ c0F(q) = 0

dx
dt

= c0

(8)

C− :

⎧⎪⎪⎨⎪⎪⎩
ρc0

πr2
0

dq
dt

− dp
dt

+ c0F(q) = 0

dx
dt

= −c0

. (9)

As shown in Figure 2, the pressure and flow rate values at points A (pA and qA) and B (pB and qB)
are known. Integrating Equations (8) and (9) along the characteristic lines C+ and C−, the following
Equation (10) is obtained to further derive the pressure and flow rate at point P (pP and qP).⎧⎪⎪⎨⎪⎪⎩

ρ

πr2
0

qP +
1
c0

pP =
ρ

πr2
0

qA +
1
c0

pA − Δx
c0

F(qA)

ρ

πr2
0

qP − 1
c0

pP =
ρ

πr2
0

qB − 1
c0

pB − Δx
c0

F(qB)
. (10)
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Figure 2. Method of characteristics.

Then, from Equation (10), the values of pP and qP can be obtained by⎧⎪⎪⎨⎪⎪⎩
pP =

c0

2
CL − CR

qP =
πr2

0
2ρ

CL + CR

, (11)

where ⎧⎪⎪⎨⎪⎪⎩
CL =

ρ

A
qA +

1
c0

pA − Δx
c0

F(qA)

CR =
ρ

A
qB − 1

c0
pB − Δx

c0
F(qB)

. (12)

Details of the MOC are given by Wylie et al. [29] and Chaudhry et al. [3]. Incorporated with
Equation (4), this method determines the time at which cavitation first arises in respective elements
and the volume of cavitation. Furthermore, the method also determines whether cavitation has already
collapsed at each time step Δt = Δx/c0 and the time at which cavitation occurs again.

3.2. Finite Difference Method

The flow rate and pressure inside the pipeline are constructed as n-dimensional vectors as follows:
q = (q1, q2, . . . , qn)T, and p = (p1, p2, . . . , pn)T. Here, the first element is close to the valve and the last
element approaches the upstream or downstream tank. This simulation scheme has been implemented
by the Matlab/Simulink platform and the partial derivative terms in time domain ∂/∂t can be readily
calculated by the integral block of Simulink.

3.2.1. The Downstream Side of the Valve

Pressure transients on the downstream side of the valve were investigated. The sketch is illustrated
in Figure 3. Here, the initial velocity v0 is constant and the valve is suddenly shut off. For the boundary
condition, the flow rate in the element close to the valve is set to zero, and the pressure in the element
close to downstream tank is constant. If the boundary condition qvalve = 0 is assumed to be the first
element together with the other n− 1 elements, the Selector Block is used to re-order specified elements
of the vector. A new flow rate vector q′ for the case of the flow rate is formed such that

q′ = (qvalve, q1, . . . , qn−1)
T. (13)
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Figure 3. On the downstream side of a valve.

Based on the first-order upwind difference scheme, the derivative item ∂q/∂x can be expressed
as follows:

∂q
∂x

=
q − q′

Δx
. (14)

For the pressure vector, the Selector Block is used to construct a new pressure vector p′ as follows:

p′ = (p2, . . . , pn, presd)
T, (15)

where presd is the boundary condition, which is equal to the pressure in the downstream tank.
∂p/∂x is also given by

∂p
∂x

=
p′ − p

Δx
. (16)

3.2.2. The Upstream Side of the Valve

Similar to the downstream side of the valve, an upstream pipeline model can be constructed.
The variables of flow rate and pressure in n elements along the pipeline are considered as the vectors
as shown in Figure 4. The first element is close to the valve, and the initial velocity is positive constant.
For the case of the flow rate, a new flow rate vector q′ is formed with the corresponding boundary
condition, such that

q′ = (qvalve, q1, . . . , qn−1)
T. (17)

Figure 4. On the upstream side of a valve.

Different from the condition of the downstream side of the valve, according to the first-order
upwind difference scheme, ∂q/∂x can be expressed as follows:
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∂q
∂x

=
q′ − q

Δx
. (18)

For the pressure vector, the Selector Block is used to create a new pressure vector p′:

p′ = (p2, . . . , pn, presu)
T, (19)

where presu is the boundary condition of the pressure in the upstream tank. Thus, the ∂p/∂x can be
described as follows:

∂p
∂x

=
p − p′

Δx
. (20)

4. Simulation Results

4.1. Case 1: Pressure Transients without Cavitation on the Downstream Side of Valve

The experimental results of the transient pressure pulsations close to the valve in the horizontal
downstream pipeline are given by Vitkovsky et al. [35] and the related parameters of the tested pipeline
are listed in Table 2. Here, the element number n is selected as 30 in the simulation. The sensitivity of
this element number n has been discussed in [13]. The corresponding experimental results of transient
pressure pulsations close to the valve are shown as the solid line in Figure 5.

Table 2. Parameters of pressure transients without cavitation on the downstream side of the valve.

Parameter Value

Upstream tank pressure presu (bar) 4.25
Downstream tank pressure presd (bar) 4.22

Pipe radius r0 (mm) 11.05
Pipe length L (m) 37.2

Water density ρ (kg/m3) 1000
Initial velocity v0 (m/s) 0.3

Acoustic velocity in the fluid c0 (m/s) 1319

(a) Pressure transients results of the MOC (b) Pressure transients results of the FDM

Figure 5. Simulation and experimental pressure transients without cavitation on the downstream side
of the valve.

Figure 5 denotes that, in the downstream pipeline, the pressure at the vicinity of the valve is
reduced quickly when the valve is closed. At the same time, the negative pressure wave propagates to
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the downstream tank. Then, the positive pressure wave is reflected from the downstream tank and
travels back to the valve, which leads to the first positive pressure peak. This process may be repeated
several times before the fluid energy is dissipated due to the frictional force of the pipeline.

As shown in the experimental results, from 0 to 1 s, the attenuated peaks of the pressure pulsations
are decreased very slowly. Because of the lower frictional force, the magnitudes of the pressure peaks
decay slower in water, which is different from the corresponding pressure transient results with the
working fluid as hydraulic oil (Jiang et al. [13]). Thus, if the pressure pulsations are always greater
than the saturated vapor pressure, no cavitation forms.

For comparison, the simulation results of MOC are illustrated as the dash-dotted line in Figure 5a.
The simulation results of the FDM platform are presented as the dashed line in Figure 5b. It can be seen
that, from 0.4 to 1 s, the phase difference between the MOC simulation and the experimental results is
more obvious. However, the simulation results of the FDM are still consistent with the experimental
pressure results.

To further compare the two predictive methods, the error between the simulation and the
experimental results was evaluated by the percentage of the integral of absolute difference (IAD)
as follows (Rabie et al. [36]):

IAD =

T∫
0

∣∣pLth − pL exp
∣∣ dt

pLssT
× 100%. (21)

The IAD results of the two predictive methods in the three cases are listed in Table 3. In Case 1,
the final steady-state pressure at the valve is equal to the downstream tank pressure (4.22 bar), and the
IAD of the FDM is about 0.05%. Thus, the simulation of the FDM is consistent with the experimental
result, which is superior to the MOC (IAD = 0.91%).

Table 3. The integral of absolute difference (IAD) of the method of characteristics (MOC) and the finite
difference method (FDM).

Case pLss (bar) IAD of MOC IAD of FDM

1 4.22 0.91% 0.05%
2 0.98065 2.75% 2.47%
3 4.90325 12.39% 10.84%

4.2. Case 2: Pressure Transients with Cavitation on the Downstream Side of Valve

The case of transient pressure pulsations with cavitation in the horizontal downstream pipeline
was also investigated. Some experimental parameters from Sanada et al. [37] are listed in Table 4.
The corresponding experimental results are shown as the solid line in Figure 6. As the valve is quickly
closed, the pressure reduces and stays at vapor pressure for about 3 s. The pressure then drops again
and stays at vapor pressure for about 1.5 s. For the third time, the pressure falls and stays at vapor
pressure for about 1 s.
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Table 4. Parameters of pressure transients with cavitation on the downstream side of the valve.

Parameter Value

Upstream pressure presu (bar) 6.55164
Downstream pressure presd (bar) 0.98065

Pipe radius r0 (mm) 7.6
Pipe length L (m) 200

Water density ρ (kg/m3) 1000
Initial velocity v0 (m/s) 1.5

Viscosity of the fluid c0 (cP) 1

The results obtained from the MOC and the FDM are also shown in Figure 6. It is clear that
obvious differences exist between the MOC simulation and the experimental results, especially in terms
of the phase differences of the subsequent peaks. However, the results of the FDM via Matlab/Simulink
Platform are consistent with the experimental results.

As listed in Table 3, for Case 2, the final steady-state pressure at the valve is 0.98065 bar, which is
equal to the downstream tank pressure. Different from Case 1, the two predictive methods have similar
effects (the IADs of the two predictive methods are 2.75% and 2.47%).

(a) Pressure transients results of the MOC (b) Pressure transients results of the FDM

Figure 6. Simulation results and experimental data of pressure transients with cavitation on the
downstream side of the valve.

The corresponding cavitation volumes in the element close to the valve predicted by the FDM
and the MOC are shown in Figure 7. The trends of vaporous cavitation volume under three cases are
listed in Table 5, which includes the cavitation start time, the end time, the duration, the maximum
volume, and the corresponding time points.

Similar to the MOC, the FDM is also able to track the trends of cavitation volume. The results
indicate that the computed pressure peak declines to the saturated vapor pressure after the valve
is rapidly closed and after cavitation forms. However, this new cavitation collapses at 3.87 s
(FDM) and 3.77 s (MOC). The maximum volumes of cavitation first are 1.372 × 10−4 m3 (FDM)
and 1.401 × 10−4 m3 (MOC). When the pressure declines again, cavitation is generated again, but it
is much smaller (1.892 × 10−5 m3 from the FDM and 4.155 × 10−5 m3 from the MOC) than the first
instance. Once again, cavitation collapses at the arrival of the third pressure peak. The durations of the
third cavitation is 1.08 s (FDM) and 0.99 s (MOC). Thus, over this short period (12 s), the cavitation
demonstrates generation and collapse three times.
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Table 5. Trends of cavitation volume.

Times Method
MOC

(case 1)
FDM

(case 1)
MOC

(case 2)
FDM

(case 2)
MOC

(case 3)
FDM

(case 3)

1st time

start time (s)

– –

0.40 0.38 0.60 0.65
end time (s) 3.77 3.87 1.21 1.24
duration (s) 3.37 3.49 0.61 0.59

maximum volume time (s) 2.32 2.11 1.08 1.21
maximum volume (m3) 1.401 × 10−4 1.372 × 10−4 1.305 × 10−5 3.955 × 10−6

2nd time

start time (s)

– –

4.34 4.37 2.05 1.98
end time (s) 6.14 6.03 2.17 2.23
duration (s) 1.80 1.66 0.12 0.25

maximum volume time (s) 5.12 5.73 2.15 2.21
maximum volume (m3) 4.155 × 10−5 1.892 × 10−5 1.281 × 10−6 6.785 × 10−7

3rd time

start time (s)

– –

6.72 6.54

– –
end time (s) 7.71 7.62
duration (s) 0.99 1.08

maximum volume time (s) 7.46 6.76
maximum volume (m3) 1.009 × 10−5 1.535 × 10−6

Figure 7. Simulation results of the cavitation volume in the first element on the downstream side of the
valve using the MOC and the FDM.

4.3. Case 3: Pressure Transients with Cavitation on the Upstream Side of the Valve

Sanada et al. [37] also provided parameters of tested pipelines in the case of transient pressure
pulsations in a horizontal upstream pipeline, as listed in Table 6. Compared with Case 2 listed in
Table 4, the parameters of the test pipeline are the same, except for the values of the upstream pressure
and the initial velocity.

Table 6. Parameters of pressure transients with cavitation on the upstream side of the valve.

Parameter Value

Upstream pressure presu (bar) 4.90325
Downstream pressure presd (bar) 0.98065

Pipe radius r0 (mm) 7.6
Pipe length L (m) 200

Water density ρ (kg/m3) 1000
Initial velocity v0 (m/s) 1.45
Viscosity of fluid c0 (cP) 1
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Figure 8 demonstrates the sequence of pressures with cavitation caused by instant valve closure.
Compared with the pressure pulsations in the downstream pipeline, after a sudden valve closure,
the fluid is brought to rest, firstly causing a high pressure peak at the upstream side of the valve.

Experimental results from Sanada (the solid line in Figure 8) show that the initial pressure at the
valve is about 16 × 105 Pa when the valve is closed. It then reduces to the vapor pressure and keeps
a steady state until about 0.5 s. Upon collapse of the cavitation, another pressure wave is generated at
the valve. The subsequent pressure peak is reduced because of the friction force in the pipeline.

The figure also shows the simulation results from the MOC and the FDM. For the case of the
upstream side of the valve, the final steady-state pressure at the valve is equal to the upstream tank
pressure (4.90 bar). As listed in Table 3, the IADs of the MOC and the FDM are 12.39% and 10.84%.
It is clear that the results of the FDM has much better consistency with the experimental results than
those using the MOC.

(a) Pressure transients results of the MOC (b) Pressure transients results of the FDM

Figure 8. Simulation results and experimental data of pressure pulsations on the upstream side of the valve.

The corresponding cavitation volumes in the element close to the valve are shown in Figure 9.
The maximum size of the vaporous cavity is 3.955 × 10−6 m3 (the duration is about 0.59 s) using the
FDM and 1.305 × 10−5 m3 (the duration is about 0.61 s) using the MOC. When the pressure reduces to
vapor pressure again, using the FDM, the second cavity has a volume of 6.785× 10−7 m3 and a duration
of 0.25 s; however, using the MOC, the cavity has a volume of 1.281 × 10−6 m3 and a duration of 0.12 s.

Figure 9. Simulation results of the cavitation volume in the first element between the MOC and the FDM.
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As listed in Table 5, based on a comparison between Case 2 and Case 3, the durations of cavitation
are much longer and the maximum cavitation volumes are larger on the downstream side of the valve.
It is clear that cavitation is more likely to occur on the downstream side of the valve.

5. Conclusions

To reveal the mechanism of cavitation growth and collapse both on upstream and downstream of
the water-hydraulic pipeline, this paper proposes the finite difference method (FDM) for determining
the transient pressure to estimate pipeline pressure transients caused by sudden changes in fluid
velocity. Firstly, the dynamic model of cavitation volume was derived during pressure transients. Then,
the cavitation appearance durations and volume changes were analyzed. Furthermore, the frictional
force model with the steady and frequency-dependent unsteady items were constructed in the
proposed dynamic model. By referring to experimental results in [35,37], the simulation results
of two computation methods were verified to indicate that the proposed FDM for transient pressure
estimation has the following two advantages:

(i) The FDM is consistent with experimental results, which is improvement over the MOC in
terms of the phase differences and magnitudes of the pressure peaks.

(ii) The FDM estimates not only the magnitudes of the pressure peaks but also the changes in
cavitation volume to adapt the transient pressure both with and without cavitation. By statistical
results, the IAD values of the FDM are much more favorable than that of the MOC.

However, the aforementioned discussion assumes that no air is released during cavitation. In fact,
water usually contains some dissolved air or gas. If the pressure declines under the saturation pressure,
especially under vapor pressure with agitation, then a certain amount of air will be released as gas
bubbles. Thus, these effects of gas bubbles on pressure transients with cavitation will be investigated
in the near future.
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Abbreviation

IAD Integral of absolute difference
Be f f (Pa) Effective bulk modulus
c0 (m/s) Acoustic velocity in the fluid
f Coefficient of Darcy–Weisbach
F0 (N) Steady friction
F(q) (N) Friction
mi Weighting constant
ni Weighting constant
p Vector of pressures at nodes
pA, pB, pP (Pa) Pressure at points A, B, and P
presu (Pa) Pressure in the upstream tank
presd (Pa) Pressure in the downstream tank
p′ New vector of pressures at nodes
pLexp Experimental results of pressure transients at the valve
pLss Steady-state pressure at the valve
pLth Simulation results of pressures transients at the valve
q Vector of flow rate at nodes
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qA, qB, qP (m3/s) Flow rate at points A, B, and P
q′ New vector of flow rate at nodes
qin (m3/s) Inflow rate
qout (m3/s) Outflow rate
r0 (m) Radius of the pipeline
v (m/s) Velocity in the fluid
v0 (m/s) Initial velocity in the fluid
Vcav (m3) Cavitation volume
Yi (N) Weighting function
ρ (kg/m3) Density of fluid
μ (Pa · s) Viscosity of fluid
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Abstract: Due to the advantages of resource conservation and less exhaust emissions, compressed
air-powered vehicle has attracted more and more attention. To improve the power and efficiency
of air-powered vehicle, an air-powered hydraulic vehicle was proposed. As the main part of the
air-powered hydraulic vehicles, HP transformer (short for Hydropneumatic transformer) is used
to convert the pneumatic power to higher hydraulic power. In this study, to illustrate the energy
conversion characteristics of air-powered hydraulic vehicle, dimensionless mathematical model of the
vehicle’s working process was set up. Through experimental study on the vehicle, the dimensionless
model was verified. Through simulation study on the vehicle, the following can be obtained: firstly,
the increase of the hydraulic chamber orifice and the area ratio of the pistons can lead to a higher
output power, while output pressure is just the opposite. Moreover, the increase of the output
pressure and the aperture of the hydraulic chamber can lead to a higher efficiency, while area ratio of
the pistons played the opposite role. This research can be referred to in the performance and design
optimization of the HP transformers.

Keywords: hydropneumatic transformer; air-powered vehicle; working characteristic; modelling
simulation; experimental study

1. Introduction

In recent years, to reducing emissions, new energy vehicles has been widely promoted. As a kind
of new energy vehicle, air-powered vehicle has some advantages, such as simple structure, lightweight,
explosion prevention, no pollution emissions, and so on. Hence, it has important potentials in mines,
chemical plants and airports, as well as having attracted more and more engineers’ attention [1–4].

In 2013, Shaw et al. proposed an air-oil converter using an equal-area cylinder [5]. The converter
was driven by the compressed air. In this article, the system efficiency was shown to be nearly 50% at
200 rpm according to the calculations and experimental study. However, because of the areas of air
cylinder and the oil cylinder are equal, so the pressure of the compressed air must be higher than the
output oil pressure, so the residual air pressure may lead to a lower efficiency. Researchers of Yijuan
Zang in the same year has identified a new pressurizing system which can achieve a high pressure
output with the use of a new type bidirectional Pneumatic-hydraulic converter. Because of the saving
of the hydraulic station, it can save the space and can reduce the energy consumption. However, one of
the key issues in this study is that the two hydraulic chamber may have an effect on the efficiency [6].
So in 2016, Yan Shi, Maolin Cai et al. proposed an expansion energy used Hydropneumatic transformer
(short for EEUHP transformer). Compared with before, it has a compact size and excellent flexibility,
and can improve the system efficiency using the expansion energy of the compressed air. However,
one regret is the demand of electricity, so the safety performance need improvement [7].

In this study, firstly, the working principle of the HP transformer has been analyzed. In addition,
according to the analysis, power system of the air-powered vehicle used HP transformer has been
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presented. Furthermore, the mathematic model of the HP transformer was built. By selecting the
appropriate parameter values, a dimensionless model was set up. To confirm the dimensionless
mathematic model, an archetype was built and studied. Moreover, the output characteristics of the HP
transformer can be studied through simulation study. Finally, the influence of the key parameters was
showed to get the most suitable value.

2. Structure of the Power System of the Air-Powered Vehicle

Structure of the power system of the air-powered vehicle was showed as Figure 1. From the
diagram, we can easily get that the power system is primarily comprised by a compressed air tank,
the HP transformer and a hydraulic motor. As the most important component of the system, the HP
transformer consists of a pressure regulator, pneumatic and hydraulic chambers and an accumulator.
Compressed air is stored in the air tank to provide the proper input pressure. The accumulator is used
to accumulate and release energy [8,9].

 

Figure 1. Composition of the compressed air-powered vehicle: 1 Air source; 2 Pressure governor;
3 Silencer; 4 Electromagnetic directional valve; 5 Accumulator; 6 Hydraulic motor; 7 Retaining valve;
8 Left hydraulic cylinder; 9 Pneumatic cylinder; 10 Right hydraulic cylinder; 11 Mechanical part.

Using compressed air, the air source can easily provide high enough input pressure. When the
electromagnetic directional valve change to its left position, the left pneumatic chamber is connected
with the air source. The compressed air flows into the left pneumatic chamber from the air source
and drive the piston toward right. The piston then pushes the oil out of the chamber from the right
hydraulic chamber to the hydraulic motor. When the electromagnetic directional valve change to its
right position, the compressed air charged into the right chamber and drive the position towards left.
Oil in the left hydraulic chamber get the force from the piston and was pressurized out to the hydraulic
motor [10].
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3. Mathematical Modeling and Experimental Verification

According to the careful study of the principles of the HP transformer, the basic mathematical
was set up as follows [11].

3.1. Pneumatic System Energy Equations

In this study, all the ideal gas formulas can be used because of the hypothesis that the compressed
air can be deemed to be an ideal gas. Ignore the impact of the air leakage, the energy equations for the
charge and discharge side of the pneumatic chamber can be expressed by the following equations [8]:

Cνm
dT
dt

= S × hd(Ta − T) + RqT − pAu (1)

Cνm
dT
dt

= (S × hc + Cν × q)(Ta − T) + RqTa − pAu (2)

where

Cv: specific thermal capacity at constant volume, 718 J/(kg·K);
m: air mass;
T: temperature in pneumatic chamber;
t: time;
S: effective air heat exchange area in pneumatic chamber;
q: air mass flow in pneumatic chamber;
R: gas constant, 287 J/(kg·K);
Ta: ambient temperature;
p: pneumatic pressure;
A: pneumatic piston area;
u: piston velocity;
hc: heat exchange coefficient in the charge side;
hd: heat exchange coefficient in the discharge side.

3.2. Continuity Equations of Pneumatic System

On the basis of the pressure ratio Pd/Pu, equations describing the air mass flow while through
a throttle can be given as follows (here 0.528 is the critical pressure ratio) [7]:

q =

⎧⎪⎨⎪⎩
Aep pu√

Tu

√
2κ

R(κ−1)

[(
pd
pu

) 2
κ −

(
pd
pu

) κ+1
κ

]
pd
pu

> 0.528

Aep pu√
Tu

( 2
κ+1

) 1
κ−1

√
2κ

R(κ+1)
pd
pu

≤ 0.528
(3)

where

Aep: effective pneumatic area in intake and exhaust ports;
pu: pressure in upstream side;
pd: pressure in downstream side;
κ: specific thermal ratio;
Tu: upstream side temperature.
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3.3. State Equation of Pneumatic System

By deriving the state equation of ideal gases, we can get the equation which describe the air
pressure changes in the two-pneumatic chamber [12,13]:

dp
dt

=
1
V

[
pV
T

× dT
dt

+ RTq − pAu
]

(4)

where V represents air volume.

3.4. Motion Equations

The velocity of the piston is calculated from Newton’s second law of motion. In this study,
the friction force model is considered to be the sum of the Coulomb friction and viscous friction.
The viscous friction force is considered to be a linear function of piston velocity. The forces on the
piston of the HP transformer are shown in Figure 2.

Figure 2. The forces on the piston of the HP (hydropneumatic) transformer.

The right side was considered to be the positive direction of the vector. The motion equations of
the piston can be given by the following equations:

d2x
dt2 =

⎧⎨⎩
1
M

(
pdA × Adl − pdB × Adr + pbA1 × Abl1 − pbB1 × Abr1 + pbA2 × Abl2 − pbB2 × Abr2 − Ff

)
x �= 0, L

0 x = 0, L
(5)

Ff =

{
Fs v = 0

Fc + Cu v �= 0
(6)

where

x: piston displacement;
M: piston mass;
Ff: friction force;

Fs: maximum static friction force;
Fc: Coulomb friction force;
C: viscosity friction coefficient;
pdA: pressure of driving chamber A;
pdB: pressure of driving chamber B;
Adl: left piston area of driving chamber A;
Adr: right piston area of driving chamber B;
pbA1: pressure of the first pumping chamber A;
pbB1: pressure of the first pumping chamber B;
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Abl1: left piston area of the first pumping chamber A;
Abr1: right piston area of the first pumping chamber B;
pbA2: pressure of the second pumping chamber A;
pbB2: pressure of the second pumping chamber B;
Abl2: left piston area of the second pumping chamber A;
Abr2: right piston area of the second pumping chamber B;
L: motion stroke.

3.5. Pressure Equations of Hydraulic System

The continuous equations of the driving chamber and can be written as [14]:

dplh
dt

=
β

Vlh
(Qlhin − Qlhout − Ahu) (7)

dprh
dt

=
β

Vrh
(Qrhin − Qrhout + Ahu) (8)

where

β: effective bulk modulus;
Vlh: hydraulic volume in left chamber;
Qlhin: input hydraulic volume flow in left chamber;
Qlhout: output hydraulic volume flow in left chamber;
Ah: hydraulic chamber area;
Vrh: hydraulic volume in right chamber;
Qrhin: input hydraulic volume flow in right chamber;
Qrhout: output hydraulic volume flow in right chamber;
plp: pneumatic pressure in left chamber;

prp: pneumatic pressure in right chamber;
plh: hydraulic pressure in left chamber;
prh: hydraulic pressure in right chamber.

3.6. Flow Equation of Hydraulic System

The volume flow of oil through a throttle can be described as:

Qh = Cd Aeh

√
2(puh − pdh)

ρh
(9)

where

Cd: pore throttling coefficient;
Aeh: effective throttle area;
ρh: flow density.

According to Equation (9), when the effective area of intake and exhaust port was fixed, output
flow of oil can be increased through increasing the pressure in the working boosting chambers and
decreasing output oil pressure [15].

3.7. Power of Pneumatic System

In this study, an energy consumption evaluation criterion of pneumatic system, namely air power,
is adopted. This energy consumption evaluation criterion of compressed air has been formulated as
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a National Standard of China (GB/T 30833-2014). According to the references [16–18], the air power of
compressed air is expressed as:

Pp = paQp

[
ln

pp

pa
+

k
k − 1

(
Tp − Ta

Ta
− ln

Tp

Ta

)]
(10)

where

pa: ambient air pressure.
θa: ambient air temperature.

3.8. Power of Hydraulic System

The power of pressurized oil is given as [19–22]:

Ph = phQh (11)

4. Dimensionless Modelling of HP Transformer

By selecting the appropriate reference values, in this part, the basic mathematical model is
transformed to a dimensionless expression for simulation. Therefore, based on the reference values,
the dynamic characteristics of the HP transformer can be obtained through checking diagrams of
dimensionless parameters. Moreover, through the analysis of the dimensionless model and reference
values, the influences of independent parameters on the dynamic characteristics of the HP transformer
can be obtained. In addition, that is significant to grasp the essential characteristics of the HP
transformer [17].

4.1. Reference Values

When the pressure in the pneumatic cylinder is as the same as the atmosphere pressure,
the air mass flow from air source to the pneumatic cylinder, named the maximum air mass flow,
can be obtained:

qpmax =
Aep ps√

Ts

(
2

κ + 1

) 1
κ−1

√
2κ

R(κ + 1)
(12)

The maximum charged air mass of a pneumatic chamber is named as the maximum air mass,
mmax. The time to discharge mmax of air at qmax of air mass flow is named as the minimum time, which
can be calculated as:

tmin =
mpmax

qpmax
(13)

To expel a full pneumatic chamber of oil to the oil tank with the minimum time, Tmin, the hydraulic
oil volume flow and the pressure in the hydraulic chamber are named as the maximum hydraulic
volume flow, Qhmax, and the highest hydraulic pressure, pf, which can be gotten as:

Qhmax =
Vh

tmin
= Cd Aep

√√√√2
(

p f − pa

)
ρh

= Ahu (14)

p f =
ρhV2

h
2C2

d A2
ept2

min
+ pa (15)

The reference values and the dimensionless variables are shown in Table 1. The basic mathematical
model can be made dimensionless as described in the following section.
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The ratio of the maximum power of compressed air (Ppmax) and the maximum power of hydraulic
oil (Phmax) is defined as the efficiency coefficient (η0) of HP transformer, which is used for calculation
of the efficiency of HP transformer. The efficiency coefficient (η0) of HP transformer is given as

η0 =
Ppmax

Phmax
(16)

Table 1. Reference values and dimensionless variables.

Variable Reference Value Dimensionless Variable

Affective area Ap
Area of e piston of the
pneumatic chamber Ae

∗ = Ae
Ap

Time tmin
Time to totally exhaust Wb of air

at Gmax of air mass flow t∗ = t
tmin

Velocity u = L
tmin

Average velocity u∗ = u
u

Pressure Ps Supply pressure P∗ = P
Ps

Temperature Ta Atmosphere temperature T∗ = T
Ta

Air mass flow qmax Maximum air mass flow q∗ =
q

qmax

Volume flow Qmax = Vh
tmin

= Ahu Maximum oil volume flow Q∗ = Q
Qmax

Air mass mpmax = roupn ∗ Vp Maximum air mass m∗ = m
mpmax

Displacement L Piston stroke x∗ = x
L

Volume Vpmax = L × Ap
Maximum volume of pneumatic

chamber V∗ = V
Vpmax

Power of compressed air Ppmax =
paqmax

ρa
ln ps

pa

Maximum power of
compressed air P∗

p =
Pp

Ppmax

Power of hydraulic oil Phmax = psQmax

Maximum power of hydraulic
oil when its pressure equals the

supply pressure (ps)
P∗

h = Ph
Phmax

4.2. Dimensionless Energy Equations of Pneumatic System

The dimensionless energy equations for the discharge side and the charge side can be written
as follows:

m∗ dT∗

dt∗ =
S∗

S∗
pt∗d

(1 − T∗) + (k − 1)(p∗u∗ − q∗T∗) (17)

m∗ dT∗

dt∗ =

(
S∗

S∗
pt∗c

+ q∗
)
(1 − T∗) + (k − 1)(q∗ − p∗u∗) (18)

where, the parameter Td*, which is the dimensionless temperature settling time of the discharge side,
is the ratio of the temperature settling time constant, Thd, and the isothermal pressure time constant,
Tp. The dimensionless and dimensional time constant can be written as follows:

t∗d =
td

tmin
(19)

td =
Cvmpmax

Sphd
(20)

Sp = 2Ap + 2L
√

πAp (21)

The dimensionless maximum heat transfer area can be given as:

S∗
p =

2Ap + 2L
√

πAp

Ap
= 2 + 2L

√
π

Ap
(22)

121



Appl. Sci. 2018, 8, 347

For the charge side:

t∗c =
tc

tmin
(23)

tc =
Cvmpmax

Sphc
(24)

4.3. Dimensionless Continuity Equations of Pneumatic System

Dimensionless Continuity Equations of Pneumatic System can be given as:

q∗ =

⎧⎪⎪⎨⎪⎪⎩
ppu

∗
√

Tu∗

[(
p∗d

pu∗
) 2

κ −
(

p∗d
pu∗

) κ+1
κ

]
p∗d

pu∗ > 0.528

ppu
∗

√
Tu∗

p∗d
pu∗ ≤ 0.528

(25)

4.4. Dimensionless State Equation of Pneumatic System

Dimensionless State Equation of Pneumatic System can be given as:

dpp
∗

dt∗ =
pp

∗

Tp∗
dTp

∗

dt∗ +
Tp

∗q∗

Vp∗
− pp

∗u∗

Vp∗
(26)

4.5. Motion Equations

Motion Equations can be given as:

d2x∗

d(t∗)2 =

⎧⎪⎨⎪⎩
(

1
t∗f

)2(
plh

∗ × Ah
∗ − prh

∗ × Ah
∗ + plp

∗ − prp
∗ − Ff

∗
)

x∗ �= 0, 1

0 x∗ = 0, 1
(27)

Ff =

{
Fs

∗ u∗ = 0

Fc
∗ + C∗u∗ u∗ �= 0

(28)

where

Fs*: dimensionless maximum static friction force;
Fc*: dimensionless Coulomb friction force;
C*: dimensional viscous friction force coefficient.

All of the parameters can be given as follows:

Fs
∗ = Fs

Ps Ap
(29)

Fc
∗ = Fc

Ps Ap
(30)

C∗ = C × u0

Ps Ap
(31)

Dimensionless parameter, Tf* corresponds to the J-parameter that is used in the current selection
method of a pneumatic cylinder. The J-parameter is given by Equation (35).

t f
∗ =

t f

tmin
(32)
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t f =

√
ML

ApPs
(33)

J =
t2

pPs Ap

LM
(34)

J =

(
1

t f
∗

)2

(35)

As the J-parameter represents a coefficient of acceleration, it was considered that this parameter
related to the inertia of the HP transformer, and it is known as the inertia coefficient. The dimensionless
parameter, Tf*, is regarded as the dimensionless natural period of the HP transformer.

4.6. Dimensionless Pressure Equations of Hydraulic System

Dimensionless Pressure Equations of Hydraulic System can be given as:

dplh
∗

dt∗ = β∗(Ah∗ ∗ Q∗
lhin − Ah∗ ∗ Q∗

lhout − u∗) (36)

dprh
∗

dt∗ = β∗(Q∗
rhin − Q∗

rhout + u∗) (37)

where
β∗ = β

ps
(38)

4.7. Dimensionless Flow Equations of Hydraulic System

Dimensionless Flow Equations of Hydraulic System can be given as:

Qhin
∗ = A∗

ehin

√
p∗uh − p∗dh
p∗f − p∗a

(39)

Qhout
∗ = A∗

ehout

√
p∗uh − p∗dh
p∗f − p∗a

(40)

A∗
ehin =

Aehin
Aep

(41)

A∗
ehout =

Aehout
Aep

(42)

4.8. Power of Pneumatic System

Power of Pneumatic System can be calculated as:

Pp
∗ =

qp
∗
[
ln pp

∗
pa∗ +

k
k−1

(
Tp

∗ − 1 − ln Tp
∗)]

ln 1
pa∗

(43)

4.9. Power of Hydraulic System

Power of hydraulic System can be calculated as:

Ph
∗ = ph

∗Qh
∗ (44)
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5. Simulation and Experimental Study on a HP Transformer

5.1. Experimental Verification of the Mathematical Model

To verify the dimensionless mathematical model, a compressed air-powered hydraulic system
was set up. Its schematic structure can refer to Figure 3. The compressed air, charged from the air
source, flowed through a regulator (IR3010-03BG, SMC, Tokyo, Japan), and its pressure was reduced
to a fixed value (about 0.6 MPa). When the compressed air was supplied to the Hydropneumatic
transformer (SWB-100D-5, SIWELL Supercharger Technology, Suzhou, China), pressurized hydraulic
oil was output from the HP transformer. In order to stabilize the output pressure of the HP transformer,
an accumulator (GXQA-0.35/25-L-A, AOQI, Guangdong, China) and a relief valve (DBDS6P1X/315,
Rexroth, Lohr am Main, Germany) were installed in the downstream of the compressed air-powered
hydraulic system. A pressure sensor (AK-4B, 701, Beijing, China), a data acquisition card (USB4711,
Advantech, Taipei, Taiwan) and a computer (X430, Lenovo, Beijing, China) were utilized to measure
the output pressure of the HP transformer.

A dedicated test bench for the HP transformer, as shown in Figure 4, was designed and built to
measure the output pressure of the HP transformer.

 

Figure 3. Schematic structure of the HP transformer: (1) Regulator; (2) HP transformer; (3) Accumulator;
(4) Silencer; (5) Tank; (6) Data acquisition card; (7) Pressure sensor; (8) Computer; (9) Relief valve.

 

Figure 4. Dedicated test bench for the HP transformer.

According to previous study [17], because the temperature of the compressed air is almost same
as the atmospheric temperature, so the influence of the temperature on the working characteristics
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of a pneumatic booster can be neglected. As the structure and working principle of the pneumatic
booster like the structure and working principle of the HP transformer, in this study, the working
process of the HP transformer is considered to be an isothermal process.

In simulation and experimental study on the HP transformer, the values of the dimensionless
area of the hydraulic chamber and dimensionless output oil pressure were set to 0.25 and 2.92. As the
output pressure of the HP transformer can be acquired with a pressure sensor, which is more precise
and cheaper than a hydraulic flow sensor. Figure 5 depicts the simulation and experimental output
hydraulic pressure characteristics.

 
(a) 

t*

p h
*

 
(b) 

Figure 5. Simulation and experimental contrast curves. (a) Simulation and experimental curves
of the dimensionless output hydraulic pressure; (b) Simulation and experimental curves of the
dimensionless flow.

As shown in Figure 5, it is clear that the simulation results are consistent with the experimental
results, and that verifies the mathematical model above. However, there are two differences between
the simulation results and the experimental results: (1) The dimensionless output pressure in the
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experiment results increases more sluggishly than the dimensionless output pressure in the simulation
results; (2) There is a fluctuation in the dimensionless output pressure of the HP transformer, when the
dimensionless output pressure gets to its top.

The main reasons for the differences are listed as follows. In the experiment, the accumulator
absorbed the fluctuation of the dimensionless output pressure, which slowed down the increase of
the dimensionless output pressure of the HP transformer. Moreover, the opening size of the relief
valve was regulated according to the output pressure of the HP transformer. With a decrease in the
output pressure of the HP transformer, the opening size of the relief valve got smaller, then the output
pressure of the HP transformer rose accordingly.

5.2. Dynamic Power Characteristics of the HP Transformer

The simulation study on the HP transformer was proceeded according to the study above, and
the input power and output power dynamics of the HP transformer can be obtained, which are shown
in Figure 6.

(a) 
t*

P p
*

(b) 
t*

P h
*

Figure 6. Dimensionless input power output power characteristics of the HP transformer.
(a) Dimensionless input power of the HP transformer; (b) Dimensionless output power of the
HP transformer.

As shown in Figure 6, it is clear that, firstly, the dimensionless input power and output power
fluctuate regularly. Furthermore, when the HP transformer starts to work when the piston moves from
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its destination, after a pause, the dimensionless input power and output power increase rapidly and
get their platforms. However, when the piston reaches another destination, the dimensionless input
power and output power decrease to zero immediately. Finally, as the efficiency coefficient (η0) of
HP transformer is about 0.6522, when the dimensionless input power and output power reach their
platforms, the efficiency of the HP transformer is 47.52% approximately.

6. Study on the Power and Efficiency of the HP Transformer

Based on the structure and principle of HP transformer, in order to get the parameters which can
make the HP transformer better, we carried out the study about the efficiency and output power. After
that, the parameters affecting these two properties were clarified.

To illustrate the influence of the dimensionless parameters on the output power and efficiency
of HP transformer, each parameter changed for comparison when the other parameters are constant.
The values of the dimensionless parameters are shown in Table 2.

Table 2. Values of the dimensionless parameters.

Parameters Tf* Fs* C* Fc* Ah* Po* Aeh*

Values 0.1425 0.00018 0.0004 0.00036 0.25 2.857 0.000625

6.1. Influence of the Output Pressure

In this part, for getting the change rules of the output power and efficiency when change the
output oil pressure, we keep other parameters such as the dimensionless aperture of the hydraulic
chamber orifice (set to 0.028), the area ratio of the pistons (set to 4) stay the same when setting
the dimensionless output oil pressure to 2.42, 2.57, 2.71, 2.85 and 3.00. After careful analysis and
professional simulation study, we get the results shown in Figures 7 and 8. As we can see, curves in
Figure 1 depicts the dynamic characteristics of the dimensionless output power, and curve in Figure 8a
shows the variation relationship of the dimensionless output power and the dimensionless output oil
pressure. Curve in Figure 8b shows the corresponding efficiency of the system with different output
oil pressure.

 

/P
*

Figure 7. Dimensionless output power–time curves of the power system.
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(a) 

 
(b) 

Figure 8. Relationships of the output power, efficiency and the output pressure. (a) Output power trend
curve influenced by the output pressure; (b) Efficiency trend curve influenced by the output pressure.

Through careful study on curves in Figures 7 and 8, two results can be obtained as follows:

(1) When the dimensionless output oil pressure increases with a proper difference from 2.42 to 3.00,
the output power decreases from 0.043 to 0.0322 at the same time. This phenomenon can be
explained as the rise of the output oil pressure may result in the decrease of the output flow,
so the output oil pressure which is calculated by output flow and output oil pressure decreases.

(2) As we can see in Figure 8, the curves of the dimensionless output power, system efficiency and
dimensionless output oil pressure are similar to the trend line.

6.2. Influence of the Aperture of the Orifice of the Hydraulic Chamber

In this part, for getting the change rules of the dimensionless output power and efficiency when
change the aperture of the orifice of the hydraulic chamber, we keep other parameters such as the
dimensionless output oil pressure (set to 2.71), the area ratio of the pistons (set to 4) stay the same
when setting the dimensionless aperture of the orifice of the hydraulic chamber to 0.0256, 0.0267,
0.0278, 0.0289 and 0.030. After careful analysis and professional simulation study, we get the results
shown in Figures 9 and 10. As we can see, curves in Figure 9 depicts the dynamic characteristics
of the dimensionless output power, and curve in Figure 10a shows the variation relationship of the
dimensionless output power and the dimensionless aperture of the orifice of the hydraulic chamber.
Curve in Figure 10b shows the corresponding efficiency of the system with different aperture.
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*

Figure 9. Dimensionless output power–time curves of the power system.

 
(a) 

 
(b) 

Figure 10. Relationships of dimensionless output power, efficiency and the aperture of the orifice
of the hydraulic chamber. (a) Output power trend curve influenced by the aperture of the orifice
of the hydraulic chamber; (b) Efficiency trend curve influenced by the aperture of the orifice of the
hydraulic chamber.
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Through careful study on curves in Figures 9 and 10, two results can be obtained as follows:

(1) When the dimensionless aperture increases with a proper difference from 0.0256 to 0.030, the
output power increase from 0.015 to 0.05 and the efficiency increase from 33.56% to 34.7% properly.
This phenomenon can be explained as follows: when the aperture of the orifice of the hydraulic
increase, the output flow is sure increase, so the output power increase while the output pressure
keep constant

(2) As we can see in Figure 10, the curves of the dimensionless output power, system efficiency and
dimensionless aperture of the hydraulic chamber orifice are similar to the trendline.

6.3. Influence of the Area Ratio of the Pistons

In this part, for getting the change rules of the dimensionless output power and efficiency when
change the area ratio of the pistons, we keep other parameters such as the dimensionless output oil
pressure (set to 2.71), the dimensionless aperture of the hydraulic chamber orifice (set to 0.028) stay the
same when setting the dimensionless area ratio of the pistons to 3.6, 3.8, 4.0, 4.2 and 4.4. After careful
analysis and professional simulation study, we get the results shown in Figures 11 and 12. As we
can see, curves in Figure 11 depicts the dynamic characteristics of the dimensionless output power,
and curve in Figure 12a shows the variation relationship of the dimensionless output power and the
area ratio of the pistons. Curve in Figure 12b shows the corresponding efficiency of the system with
different area ratio of the pistons.

 

/P
*

Figure 11. Dimensionless output power–time curves of the power system.

 
(a) 

Figure 12. Cont.
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( )

 
(b) 

Figure 12. Relationships of the output power, efficiency and the area ratio of the pistons. (a) Output
power trend curve influenced by the area ratio of the pistons; (b) Efficiency trend curve influenced by
the area ratio of the pistons.

After the detailed analysis of Figures 11 and 12, two results can be obtained.

(1) With the increase of the dimensionless area ratio of the pistons, the output power increases from
0.028 to 0.048 while the efficiency decreases from 34.79% to 33.42%. This is because when the
area of the pneumatic piston is constant and the area of the hydraulic piston increase, the output
pressure increases correspondingly. So the output power, which is calculated by output pressure
and output flow, will increase.

(2) As we can see in Figures 8, 10 and 12, the curves of the dimensionless output power, system
efficiency and dimensionless area ratio of the pistons are almost linear.

7. Conclusions

In this study, a dimensionless mathematic model of the power systems of air-powered hydraulic
vehicle was set up. The dimensionless model, which is different from the original model, has many
advantages: firstly, unit conversion needs to be considered when the original model is calculated,
but the dimensionless model is clearly easy; secondly, the dimensionless model is convenient to make
the comparison of parameters, but the original model plays opposite.

To confirm the dimensionless mathematic model, a protocol was built and studied. Through
experimental and simulation studies on the power system of air-powered hydraulic vehicle, it can be
obtained as follows:

(1) The experimental curve of the archetype has a good match with the simulation curve of the
dimensionless model, so it can be derived that the mathematical model is effective and accurate.

(2) When the dimensionless output pressure increase from 2.42 to 3.00, the dimensionless output
power decrease from 0.043 to 0.0322, while the system efficiency increase from 33.54% to 34.8%.

(3) While the dimensionless aperture increases from 0.0256 to 0.030, the dimensionless output power
increase from 0.015 to 0.05, the system efficiency increase from 33.56% to 34.7% at the same time.

(4) When the area ratio of the pistons increase from 3.6 to 4.4, the dimensionless output power
increase from 0.028 to 0.048, and the system efficiency decrease from 34.79% to 33.42% properly.

From the simulation and analysis, we can get the conclusion that the increase of the aperture of the
hydraulic chamber orifice and the area of the pistons can lead to a higher output power, and the increase
of the output pressure and the aperture of the hydraulic chamber orifice can lead to a higher efficiency.
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This research can be referred to in the performance and design optimization of the HP transformer.
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Abstract: In electro-hydraulic system (EHS), uncertain nonlinearities such as some hydraulic
parametric uncertainties and external load disturbance often degrade the output dynamic
performance. To address this problem, a prescribed performance constraint (PPC) control method
is adopted in EHS to restrict the tracking position error of the cylinder position to a prescribed
accuracy and guarantee the dynamic and steady position response in a required boundedness under
these uncertain nonlinearities. Furthermore, a dynamic surface is designed to avoid the explosion of
complexity due to the repeatedly calculated differentiations of the virtual control variables derived in
backstepping. The effectiveness of the proposed controller has been verified by a comparative results.

Keywords: electro-hydraulic system; uncertain nonlinearity; prescribed performance constraint;
backstepping

1. Introduction

Electro-hydraulic systems are currently widely used in mechatronic control engineering as they
have a superior load efficiency. It was found that EHS starts to be commonly applied for large power
systems such as wheel loaders [1], fatigue test devices [2], load simulators [3] and exoskeletons [4].
However, there exist uncertain nonlinearities including parametric uncertainty and external load
disturbance in EHS. The former is caused by unknown viscous damping, load stiffness, variations in
control fluid volumes, physical characteristics of valve, bulk modulus and oil temperature variations
existed in EHS [5,6]. Thus, the high-quality dynamic performance of EHS cannot be always maintained.
While the latter is often presented as the driven force or torque of mechanical plant and bias the load
pressure of EHS [7]. Thus, the performance holding of EHS under these uncertain nonlinearities is still
a challenge problem in EHS control loop. By the way, the parametric uncertainty and noise disturbance
also obviously exist in pneumatic system such as mechanical ventilation [8–17], network distributed
control plant [18,19], multiple-input single-output processes [20].

The output-constrained control is welcomed in practice, since the required dynamic behavior can
be maintained in the case of different disturbance and uncertainty. Tee and Ge [21,22] originated the
barrier Lyapunov function (BLF) to describe the dissipative energy instead of the quadratic Lyapunov
function. Then He [23–26] and Ren [27] employed BLF in general nonlinear system, manipulator and
rehabilitation robot. Subsequently, Won [28] proposed backstepping based on BLF with disturbance
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observer in EHS. Qiu [29] presented backstepping control with dynamic surface for anti-skid braking
system. Guo [30] presented a state-constrained controlled by BLF to restrict the position tracking
error to a prescribed accuracy and guarantee the load pressure in the maximal power boundary.
The merit of BLF is to constrain the system output in the satisfactory boundary by the logarithm
transformation of the equivalent output error. However, since the output constraint boundary by BLF
is often a constant not a time-varying constraint, the control saturation and chatter output response
will emerge in initial time due to the initial large state error, as the boundary is selected very small.
Thus, to relax this problem, the prescribed performance constraint (PPC) is initiated by Bechlioulis [31]
to guarantee the satisfactory error response and overcome the controllability loss due to the input
saturation. Then, Zhang [32,33] used PPC to restrict the attack-of-angle of hypersonic aircraft and
the electromechanical system position. In fact, the servo valve control in EHS has limited throttle
constraint, which indicates the oversized control will degrade the performance and the stable margin
of EHS. The PPC technique transform the original constrained system into a free-constraint model by
a designed weighted performance function, which can address both static and time-varying constraints
by the regulation of the parameters of weighted performance function.

There exists a potential problem in the common backstepping method, i.e., the explosion of
complexity of high-order nonlinear system [34,35] due to the repeatedly calculated differentiations
of the virtual control variables emerged in backstepping iteration. These high-order derivatives will
magnify noise and uncertainty in the actual control signals which results into violent control and
chatter response [32,36]. To solve this problem, the dynamic surface control (DSC) has been proposed
to design a stabilizing function instead of the repeatedly calculated derivative of virtual control.
The purpose of DSC is to not only eliminate the severe proliferation and system singularity and but
also guarantee fast convergence and satisfactory dynamic behavior [29].

In this study, to refuse the negative effect of the external load and hydraulic parametric uncertainty,
a novel prescribed performance constraint control is proposed in the position control loop of EHS
to constrain the position tracking error to a desirable performance. Different from the constraint
holding technique of BLF, the PPC employed a weighted performance function to design an adjustable
time-varying output-constraint and improve the system stable margin and dynamic performance.
By this controller, all the signals of the single-rod EHS are uniformly bounded and the tracking
error of the cylinder position can converge to a small compact set without violating the constraints.
Furthermore, the dynamic surface is used to design a stabilizing functions instead of the virtual control
derivative in backstepping iteration to avoid violent control and chatter response. Both theoretical
proof and comparative results have been provided to verify the effectiveness of the proposed method.

The remainder of this paper is organized as follows. The plant is described in Section 2.
The output-constrained controller is given in Section 3 including PPC technique and dynamic surface
design. The comparative results of two controllers are given in Section 4. Finally, the conclusion is
drawn in Section 5.

2. Plant Description

The EHS is composed of a servo valve, a symmetrical cylinder, a fixed displacement pump,
a motor, and a relief valve as shown in Figure 1. The external load on this EHS is a driven force or
torque of any mechatronic plant. The pump outputs the supply pressure ps, which is also the pressure
threshold of the relief valve.

Hypothesis 1. Since the cut-off frequency of servo valve is far greater than the control system bandwidth,
the valve dynamics can be neglected in EHS model construction as xv = Ksvu, where xv is the spool position of
servo valve, u is the control voltage of servo valve, Ksv is the gain of the servo valve [37].
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Figure 1. The EHS control mechanism.

According to Hypothesis 1, if the three state variables are defined as [x1, x2, x3]
T = [y, ẏ, pL]

T

where y and ẏ are the cylinder position and velocity, pL is the load pressure of the hydraulic cylinder,
then the state space model of the EHS is given by⎧⎪⎪⎪⎪⎪⎨⎪⎪⎪⎪⎪⎩

ẋ1 = x2

ẋ2 =
1
m
(Apx3 − Kx1 − bx2 − FL)

ẋ3 = −4βe Ap

Vt
x2 − 4βeCtl

Vt
x3 +

4βeCdwKsvu
Vt
√

ρ

√
ps − sgn(u)x3

(1)

where Cd is the discharge coefficient, w is the area gradient of the servo valve, ρ is the density of the
hydraulic oil, Ctl is the coefficient of the total leakage of the cylinder, βe is the effective bulk modulus,
Ap is the annulus area of the cylinder chamber, Vt is the half-volume of cylinder, m is the load mass,
K is load spring constant, b is the viscous damping coefficient of the hydraulic oil, FL is the external
load on the EHS, sgn(·) is the sign function.

Remark 1. In practice, the hydraulic parameters Cd, ρ, w, b, βe, Ctl are usually uncertain constants, but the
other parameters are known [38,39].

Remark 2. The external load FL is unknown dynamic variable, which is caused by the driving force of someone
mechatronic plant. Although the dynamic value of FL depends on the variables y, ẏ, ÿ, FL is bounded by
|FL(t)| ≤ FL max, where FL max is an unknown bounded constant [40,41].

Thus from Remarks 1 and 2, the state space model (1) is rewritten as follow⎧⎪⎪⎨⎪⎪⎩
ẋ1 = x2

ẋ2 = f̄2(x1, x2) + ḡ2x3 + Δ2(x1, x2)

ẋ3 = f̄3(x2, x3) + ḡ3(x3, u)u + Δ3(x1, x2, x3)

, (2)
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where C̄d, ρ̄, K̄, b̄, β̄e, C̄tl are nominal values of these uncertain parameters respectively,

f̄2(x1, x2) = − K̄x1 + b̄x2

m
, ḡ2 =

Ap

m

f̄3(x2, x3) = −4β̄e Ap

Vt
x2 − 4β̄eC̄tl

Vt
x3

ḡ3(x3, u) =
4β̄eC̄dwKsv

Vt
√

ρ̄

√
ps − sgn(u)x3

, (3)

and Δ2(x1, x2) = f2(x1, x2) − f̄2(x1, x2) − FL(t)/m, Δ3(x1, x2, x3) = f3(x2, x3) − f̄3(x2, x3) +

g3(x1, x2, x3)− ḡ3(x1, x2, x3) are the integrated elements of parametric uncertainties and the external
load disturbance.

Due to limited boundaries of the parametric uncertainties and the external load mentioned in
Remarks 1 and 2, the two uncertain nonlinearities Δ2, Δ3 are bounded by |Δ2| < Δ2 max, |Δ3| < Δ3 max,
where Δ2 max, Δ3 max are unknown bounded constants [28].

3. Prescribed Performance Constraint Control of EHS

3.1. Prescribed Performance Constraint

The prescribed performance constraint of position tracking error is regulated by a designed
weighted performance function, which can guarantee not only the satisfactory dynamic performance
but also the stable margin of EHS.

At first, the position tracking error is given by

e(t) = x1(t)− yd(t). (4)

If the cylinder position x1 is restricted in x1 min < x1(t) < x1 max, where x1 min and x1 max are the
maximal and minimal boundary of x1, and the position demand yd has also two definite boundaries as
yd min ≤ yd ≤ yd max, then

emin < e(t) < emax, (5)

where emin = x1 min − yd max, emax = x1 max − yd min.

Definition 1. A continuous smooth function [32] ρ(t) = (ρ(0)− ρ(∞))e−λt + ρ(∞) is called a weighted
performance function if
(1) ρ(t) is positive and monotonically decreasing;
(2) lim

x→∞
ρ(t) = ρ∞ > 0;

(3) ρ(∞) < ρ(0) < 1.

Lemma 1. If a weighted performance function ρ(t) is designed such that

emin < e(t)/ρ(t) < emax, (6)

then e(t) is restricted in (emin, emax) [31].

Actually, if e(t) ≥ 0, then e(t) ≤ e(t)/ρi(t) < emax due to 0 < ρi(t) < 1. On the other hand,
if e(t) < 0, then emin < e(t)/ρ(t) < e(t). Thus, the position tracking error e(t) is always restricted in
the boundaries (emin, emax).

Secondly, according to Lemma 1, the PPC ρ(t)emin < e(t) < ρ(t)emax can derive a new state errors
as follow

z1(t) = T−1(
e(t)
ρ(t)

) = ln(
emax(emin − e(t)/ρ(t))
emin(emax − e(t)/ρ(t))

), (7)
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where T(·) is a smooth function, T−1(·) is its inverse function, ln(·) is the natural logarithm function.

Theorem 1. The smooth function T(·) is a monotonically increasing function [33], and holds the following properties

emin <T(z1) < emax T(0) = 0

lim
z1→−∞

T(z1) = emin lim
z1→+∞

T(z1) = emax
. (8)

Proof. From (33), the inverse function of z1 is given by

T(z1) =
e(t)
ρ(t)

=
eminemax(ez1 − 1)

eminez1 − emax
. (9)

Since emin < 0 and emax > 0, the derivative of T(z1) yields

dT
dz1

=
emin(emin − emax)ez1

(eminez1 − emax)2 > 0. (10)

Hence, T(z1) is a monotonically increasing function. Furthermore, due to ρ(t)emin < e(t) <

ρ(t)emax with 0 < ρ(t) < 1, then emin < T(z1) < emax is established. When z1 → ±∞, T(z1) is
close to its up and down boundary emax and emin respectively. If z1 = 0 is substituted into (7),
then T(0) = 0.

3.2. Controller Design Based on PPC

Together with (7), the system state errors are defined as follows⎧⎪⎪⎪⎨⎪⎪⎪⎩
z1 = ln

(
emax(emin − e/ρ)

emin(emax − e/ρ)

)
z2 = x2 − α1

z3 = x3 − α2

, (11)

where e is the position tracking error defined in (4), αi(i = 1, 2) is the virtual control variable in
controller design.

To avoid the explosion of complexity caused by the repeatedly calculated differentiations of
α̇i(i = 1, 2) in the backstepping iteration, the dynamic surfaces of zi+1(i = 1, 2) are given as follows

τiα̇i + αi = βi, αi(0) = βi(0) (12)

where βi(i = 1, 2) are the stabilizing functions to be designed, τi(i = 1, 2) are the time constants of the
dynamic surfaces.

Thus, the output errors of two dynamic surfaces are defined as Si = αi − βi(i = 1, 2) . Substituting
Si into (12), the virtual control derivatives α̇i = −Si/τi(i = 1, 2) are obtained.
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Based on the system state errors (11) and the dynamic surface (12), the prescribed performance
constraint controller u is designed as follow⎧⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎨⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎩

β1 = ẏd +
ρ̇

ρ
e − k1

z1

r

β2 = − 1
ḡ2

(
k2z2 + rz1 + f̄2 +

S1

τ1

)

αi = −
t∫

0

Si
τi

dt, i = 1, 2

Si = αi − βi, i = 1, 2

u = − 1
ḡ3

(
k3z3 + f̄3 + ḡ2z2 +

S2

τ2

)
, (13)

where the attenuated parameter r is

r =
∂T−1

∂(e/ρ)

1
ρ
=

emax − emin

(emax − e/ρ)(e/ρ − emin)ρ
≥ emax − emin(

emax−emin
2

)2 =
4

emax − emin
> 0. (14)

Theorem 2. Considering the stabilizing functions (13) together with their dynamic surfaces (12) for the EHS
model (2) under Hypothesis 1 and Remarks 1 and 2, regardless of the system state errors zi(t)(i = 1, 2, 3) start
from any initial values −∞ < zi(0) < ∞, the generalized error Zg(t) including zi(i = 1, 2, 3) and Sj(j = 1, 2)
is ultimate boundedness [42] and its convergence domain is an hypersphere Hr,

Hr ∈
{

3

∑
i=1

z2
i +

2

∑
j=1

S2
j = 2V(0)e−ct f + 2δ/c

}
(15)

where δ and c are positive constants, V(0) is the initial system state error, ∀t > t f (t f is a finite time).

Proof. The candidate quadratic Lyapunov function of the EHS model (2) is given by

V =
1
2

3

∑
i=1

z2
i +

1
2

2

∑
j=1

S2
j . (16)

For convenient proof, V is rewritten into the cascade elements for the convenient controller design
as follows ⎧⎪⎪⎪⎪⎪⎨⎪⎪⎪⎪⎪⎩

V1 =
1
2

z2
1 +

1
2

S2
1

V2 = V1 +
1
2

z2
2 +

1
2

S2
2

V3 = V2 +
1
2

z2
3

, (17)

and the following inequalities are satisfied by Young’s inequality

|ziSi| ≤ z2
i +S2

i
2

∣∣Si β̇i
∣∣ ≤ S2

i |β̇i|2max
2σi

+ σi
2 |zi+1Δi+1| ≤ z2

i+1+Δ2
i+1 max

2
, (18)

for i = 1, 2, where σi(i = 1, 2) are positive constants,
∣∣β̇i

∣∣
max (i = 1, 2) are the maximal boundaries of

β̇i(i = 1, 2).

139



Appl. Sci. 2018, 8, 76

Step 1: Substituting (2), (11), (12) into the derivative of V1, V̇1 yields

V̇1 = z1ż1 + S1Ṡ1 = z1r(x2 − ẋ1d − e(t)
ρ(t)

ρ̇(t)) + S1(α̇1 − β̇1)

= z1r(z2 + β1 + S1 − ẋ1d − e(t)
ρ(t)

ρ̇(t)) + S1(−S1

τ1
− β̇1)

(19)

If the stabilizing function β1 in (13) is substituted into (19), and together with (18), then V̇1 is
converted to

V̇1 = ¯̇V1 +
σ1

2
+ rz1z2

¯̇V1 = −Γ1z2
1 − Ω1S2

1

, (20)

where

Γ1 = k1 − r
2

, Ω1 =
1
τ1

− r
2
−

∣∣β̇1
∣∣2
max

2σ1
. (21)

If a constant gain k1 and a time constant τ1 yield such that

k1 >
r
2

,
1
τ1

>
r
2
+

∣∣β̇1
∣∣2
max

2σ1
, (22)

then ¯̇V1 < 0.
Step 2: The derivative of V2 is given by

V̇2 = V̇1 + z2ż2 + S2Ṡ2

≤ ¯̇V1 +
σ1

2
+ rz1z2 + z2[ f̄2 + ḡ2(z3 + β2 + S2)− α̇1 + Δ2] + S2(α̇2 − β̇2)

≤ ¯̇V1 +
σ1

2
+ z2[rz1 + f̄2 + ḡ2(z3 + β2 + S2) +

S1

τ1
+ Δ2] + S2(−S2

τ2
− β̇2)

. (23)

If the stabilizing function β2 in (13) is substituted into (23), and together with (18), then V̇2 yields

V̇2 ≤ ¯̇V2 + ḡ2z2z3 +
σ1

2
+

σ2

2
+

Δ2
2 max
2

¯̇V2 = ¯̇V1 − Γ2z2
2 − Ω2S2

2

, (24)

where

Γ2 = k2 − |ḡ2|2max
2

− 1
2

, Ω2 =
1
τ2

− |ḡ2|2max
2

−
∣∣β̇2

∣∣2
max

2σ2
. (25)

Step 3: Similarly, the derivative of V3 is given by

V̇3 = V̇2 + z3ż3

≤ ¯̇V2 + ḡ2z2z3 +
σ1

2
+

σ2

2
+

Δ2
2 max
2

+ z3[ f̄3 + ḡ3u − α̇2 + Δ3]

≤ ¯̇V2 +
σ1

2
+

σ2

2
+

Δ2
2 max
2

+ z3[ḡ2z2 + f̄3 + ḡ3u +
S2

τ2
+ Δ3]

(26)

If the control variable u is designed as the form in (13), then V̇3 yields

V̇3 ≤ ¯̇V2 − k3z2
3 + δ, (27)

where δ = (σ1 + σ2 + Δ2
2 max + Δ2

3 max)/2 is a positive constant.
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If a constant c is defined as c = min{2Γ1, 2Γ2, 2Ω1, 2Ω2, 2k3}, from the definitions of ¯̇V1 and ¯̇V2,
(27) is rewritten as

V̇3 ≤ −cV3 + δ. (28)

Integrating (28), V̇3 yields

V(t) ≤ V(0)e−ct +

t∫
0

δe−c(t−ε)dε

≤ V(0)e−ct + δ(1 − e−ct)/c

. (29)

According to (29), and letting t → t f , the error convergence domain Hr in (15) is obtained.
Furthermore, the size of the generalized error convergence domain Hr mainly is decided by the
element δ/c. Thus, the increased control gains ki(i = 1, 2, 3) and the reduced constant c can arbitrarily
shrink the size of Hr as t → ∞.

Figure 2 shows the proposed prescribed performance constraint controller. The designed dynamic
surface (12) is used to instead of the virtual control derivatives α̇i(i = 1, 2) and the virtual control
variables αi(i = 1, 2) are substituted by the stabilizing functions βi(i = 1, 2). The output-constraint (5)
is converted to the time-varying performance constraint (6), which represents the position tracking
error e of EHS. Then this constraint is transformed into the new state error z1 (7). The controller u (13)
is constructed to guarantee the dynamic performance of the EHS (2) under the hydraulic parametric
uncertainties and the external load disturbance integrated in Δi(i = 2, 3).

β =

=
= Δ =

ρ
ρ

−
=

−

ρ

Figure 2. Block diagram of the prescribed performance constraint controller.

4. Comparison Results

To verify the proposed prescribed performance constraint control method, some known hydraulic
parameters are C̄d = 0.62, w = 0.024 m, xv max = 7.9 mm, β̄e = 7000 bar, ρ̄ = 850 kg/m3,
K̄ = 1000 N/m, b̄ = 100 Ns/m, C̄tl = 2.5 × 10−11 m3/(s · Pa), Ksv = 4.9 × 10−6 m/V, pr = 2 bar,
Ap = 2.01 cm2, Vt = 1.74 × 10−5 m3, m = 1.739 kg, ΔCd = 0.1C̄d, Δβe = 0.5β̄e, ΔK = 0.5K̄,
Δb = 0.5b̄, Δρ = −0.1ρ̄, ΔCtl = 0.2C̄tl , FL max = 500 N. The time constants of two dynamic surfaces
is τ1 = τ2 = 10−3. Some control parameters are designed as k1 = 100, k2 = 1200 and k3 = 6000,
x1 min = −50 mm, x1 max = 50 mm, ymin = −50 mm, ymax = 50 mm, ρ(0) = 0.95, ρ(∞) = 0.03,
λ = 0.3.

In addition, to compare with the traditional control scheme, Proportional-Integral (PI) controller
is also adopted in this EHS such that

u = kp(yd − x1) + ki

∫
(yd − x1)dt (30)
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where the control gains kp = 150 and ki = 10 have been well tuned to guarantee the fast response of the
cylinder position.

4.1. Compared Results with Nominal Hydraulic Parameters

Firstly, the nominal hydraulic parameters is adopted in simulation with the uncertain
nonlinearities Δ2 = Δ3 = 0. The cylinder position demands are selected as yd = 25(sin(0.8πt) +
sin(0.4πt) + sin(0.2πt)) mm and yd = 25(sin(1.6πt) + sin(0.8πt) + sin(0.4πt)) mm. The initial
states of two control schemes are x1(0) = 20 mm, x2(0) = 0 mm/s, x3(0) = 0 bar. The proposed
controller comparison with PI controller are shown in Figures 3–6. The controller based on prescribed
performance constraint has the steady tracking errors Δx1 = 0.01 mm in low frequency demand
and Δx1 = 0.05 mm in high frequency demand respectively, which is better than the PI controller
Δx1 = 0.5 mm and Δx1 = 2 mm in corresponding frequency demand. Since the constraint holding
technique is adopted in the proposed controller, the tracking error of the cylinder position is not always
beyond the prescribed constraint ρ(t)emin < e(t) < ρ(t)emax. Thus, these comparison results indicate
the advantage of this prescribed performance constraint technique.

x
1
(m

m
)

Δ
x
1
(m

m
)

Figure 3. The cylinder position responses x1 by PI controller with Δ2 = Δ3 = 0, the demand
yd = 25(sin(0.8πt) + sin(0.4πt) + sin(0.2πt)) mm.
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Figure 4. The cylinder position responses x1 by prescribed performance constraint controller with
Δ2 = Δ3 = 0, the demand yd = 25(sin(0.8πt) + sin(0.4πt) + sin(0.2πt)).
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Figure 5. The cylinder position responses x1 by PI controller with Δ2 = Δ3 = 0, the demand yd =

25(sin(1.6πt) + sin(0.8πt) + sin(0.4πt)).
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Figure 6. The cylinder position responses x1 by prescribed performance constraint controller with
Δ2 = Δ3 = 0, the demand yd = 25(sin(1.6πt) + sin(0.8πt) + sin(0.4πt)).

4.2. Compared Results with Uncertain Nonlinearities

To verify the dynamic response performance of the proposed prescribed performance constraint
controller, the frequency of the cylinder position demands and the initial states are same to Section 4.1.
The hydraulic parametric uncertainties ΔCd, Δβe, ΔK, Δb, Δρ, ΔCtl are all injected in the EHS model
(2). Furthermore, the external load are assumed to be FL(t) = FL max sin(2πt). The comparison results
of two controllers are shown in Figures 7–10. When the total uncertain nonlinearities Δ2 and Δ3

are injected in EHS, the prescribed performance constraint controller has the steady tracking error
Δx1 = 2 mm both in low and high frequency demand. However, the position tracking error of PI
controller is Δx1 = 5 mm. These results indicate the prescribed performance constraint controller
has higher dynamic response performance than the PI controller under the hydraulic parametric
uncertainties and the external load disturbance.
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Δ
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Figure 7. The cylinder position responses x1 by PI controller with hydraulic parametric uncertainties
and the external load, the demand yd = 25(sin(0.8πt) + sin(0.4πt) + sin(0.2πt)) mm.
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Figure 8. The cylinder position responses x1 by prescribed performance constraint controller with
hydraulic parametric uncertainties and the external load, the demand yd = 25(sin(0.8πt)+ sin(0.4πt)+
sin(0.2πt)) mm.
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Figure 9. The cylinder position responses x1 by PI controller with hydraulic parametric uncertainties
and the external load, the demand yd = 25(sin(1.6πt) + sin(0.8πt) + sin(0.4πt)) mm.
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Figure 10. The cylinder position responses x1 by prescribed performance constraint controller with
hydraulic parametric uncertainties and the external load, the demand yd = 25(sin(1.6πt)+ sin(0.8πt)+
sin(0.4πt)) mm.

5. Conclusions

In this study, a prescribed performance constraint controller is proposed for electro-hydraulic
system to improve the output position accuracy of EHS. Firstly, the EHS model is constructed as
a state-space strict-feedback model with uncertain nonlinearities. Secondly, according to the required
boundary of the tracking position error, the technique of prescribed performance constraint is used
to design the time-varying error boundary to not only regulate the large initial error in satisfactory
time but also consider the control capability of EHS. Furthermore, the dynamic surface is adopted
to replace the repeatedly calculated differentiations of the virtual control variables in backstepping
design. The comparative results with the PI controller verify that the proposed controller has better
performance than PI controller.
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Notation

EHS Electro-hydraulic system
BLF Barrier Lyapunov function
PPC Prescribed performance constraint
Ksv (m/V) Gain of the servo valve
u (V) control voltage of the servo valve
Cd (–) Discharge coefficient
w (m) Area gradient of the servo valve
ps, pr (Pa) Supply pressure and return pressure
pL (Pa) Cylinder load pressure
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xv max (mm) Maximal spool position of the servo valve
ρ (kg/m3) Density of hydraulic oil
Ctl (m3/(s·Pa)) Coefficient of the total leakage of the cylinder
βe (bar) Effective bulk modulus
Ap (m2) Annulus area of the cylinder chamber
Vt (m3) Half-volume of the cylinder
m (kg) Load mass
b (Ns/m) Viscous damping coefficient of hydraulic oil
K (N/m) Load spring constant
FL (N) External load of the electro-hydraulic system
ẏd (m/s), ẏ (m) Desired and actual velocities of the cylinder
ΔCd (–) Parametric uncertainty of discharge coefficient
Δβe (bar) Parametric uncertainty of effective bulk modulus
Δρ (kg/m3) Parametric uncertainty of density of hydraulic oil
ΔCtl (m3/(s·Pa)) Parametric uncertainty of coefficient of the total leakage of the cylinder
Δb (Ns/m) Parametric uncertainty of viscous damping coefficient of hydraulic oil
ΔK (N/m) Parametric uncertainty of load spring constant
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Abstract: Vortex pumps have good non-clogging performance and are widely used in the fluid
transportation of food, sewage treatment, and mineral and coal slurry transportation. In order
to design and manufacture a vortex pump with good performance and establish a method of
optimum design, we must master the internal flow rules of the pump. Based on the self-design
vortex pump (32WB8-12) experiment, the discharge-pump head (qv-H), discharge-pump shaft power
(qv-P), discharge-pump efficiency (qv-η), and discharge-critical net positive suction head (qv-NPSHc)
curves are obtained, and the qv-NPSHc curve shows an opposite tendency compared with the
centrifugal pump. With the mathematical model selected with respect to the optimal condition,
the three-dimensional internal flow within the vortex pump has been numerically simulated by
a renormalization group k-ε (RNG k-ε) turbulence model. The static pressure (ps) and velocity
distribution of the impeller and the middle section of the volute at 0◦, 90◦, 180◦, and 270◦ are
obtained, and the performance curves have been fitted using a CFX-calculated energy parameter.
It was illustrated that the velocity field is relatively disordered and the flow in the impeller region is of
a forced vortex character. The flow in the volute is similar to that of the combined vortex with backflow,
which is a non-axisymmetric unsteady flow with quite high turbulence intensity. These factors are
the main reasons for the relatively low efficiency of the vortex pump. The measurement of flow field
in volute with a five-hole probe was conducted, and it is demonstrated that the numerical results are
in good agreement with the flow field measurement data. An upward pressure gradient forms in the
portal area of the impeller, and it is confirmed that the lowest pressure point is located in the upper
position of the impeller hub. It is revealed that for the vortex pump to have advanced suction and
anti-cavitation performance, the lowest pressure in the pump should be −4 × 104 Pa and it should be
located at the center of the vortex chamber cavity.

Keywords: vortex pump; computational fluid dynamics (CFD); five-hole spherical probe; NPSH

1. Introduction

The vortex pump evolved from a centrifugal pump with a semi-open impeller, and it is a type
of non-clogging pump with an impeller located completely within the impeller chamber behind
the vortex chamber, as shown in Figure 1. Its unique structure makes it suitable for conveying
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solid–liquid mixtures containing solid and long fibers [1–3], and in particular, it shows excellent
performance in the hydraulic transportation of gases containing manure, biogas, digesters, waste liquid,
and agricultural products such as potato, etc., whilst solid media were not damaged. At present, if we
compare the vortex pump with the centrifugal pump, the biggest disadvantage is the low efficiency
of the vortex pump [4,5]. In recent years, researchers have carried out studies on pump design and
numerical simulation to improve the performance of the vortex pump. Gerlach et al. analyzed the
how variations in geometric parameters influence vortex pump characteristics, and investigated
many articles considering parameters in both single-parameter and multi-parameter experiments [6,7].
Moreover, Gerlach et al. performed a numerical study of the internal flow field of a vortex pump,
and made a comparison with the Hamel–Oseen vortex model. The study suggests that a vortex similar
to the Hamel–Oseen vortex is only present at the strong part load operation [8]. Through a numerical
simulation and experimental analysis, Jiang and Zhu studied the influence of different types of hems
and blades on the performance of the vortex pump [9,10]. Li carried out a numerical simulation and
experiment analysis for the gas–liquid two-phase vortex pump [11]. Because of the change in structure
from a centrifugal pump to a vortex pump, the internal flow of the vortex pump is complicated, and the
flow through the outlet of the pump is the intersection of the flow through the vortex chamber and the
impeller. The 32WB8-12 vortex pump was built based on continuous research findings from the 1980s.
In order to design and manufacture a vortex pump with good performance and establish a method
of optimum design, we must master the internal flow rules of the pump. So, this paper carries out
research work on a performance test and internal flow field simulation of the vortex pump. At present,
the internal flow velocity field of the vortex pump can be measured by the particle image velocimetry
(PIV) technique, but the pressure field of the high-speed rotating impeller cannot be measured without
contact. Therefore, the numerical calculation of the flow field is an effective way to obtain the internal
flow rules. In order to determine whether the calculation results are correct and can reflect the actual
objective, we need scientific experimental verification. The volute chamber of the vortex pump is
relatively wide, so it is possible to measure the flow field by probe contact. As long as verification
of the numerical calculation results of the vortex chamber flow field through comparative analysis
reaches a certain level of precision, it can be extended to deduce that the numerical calculation of the
internal flow field of the whole vortex pump gives realistic results. Our paper is based on this idea.

(a) 

Figure 1. Cont.
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(b) 

 

(c) 

Figure 1. Structure and distribution of the hydraulic geometric sketch. (a) Structure diagram of
the vortex pump; (b) Impeller component and geometric parameters; (c) Chamber component and
geometric parameters.

The flow field inside the vortex pump was simulated by ANSYS® CFX software, and the
performance curve was calculated based on the design, development, and performance test of the
model pump. The flow field in the vortex chamber was measured by a five-hole probe, and the
correctness of the numerical results was verified. After a comprehensive analysis, the internal flow
rules of the vortex pump and the constraint relationship between the pump performance and the flow
characteristics were clarified.

2. Design and Test Scheme of the Model Pump

For the study of the vortex pump, considering factors such as the scale of the test platform,
this paper designed and developed the 32WB8-12 pump (Zhejiang University of Science and
Technology, Hangzhou, Zhejiang, China) model. The hydraulic design and geometric parameters are
shown in Table 1, and its structure and impeller, pressurized water chamber parts, coordinate system,
and the position of the measuring hole are shown in Figure 1.
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Table 1. Vortex pump design and hydraulic parameters.

Design Parameters Hydraulic and Geometric Parameters

Discharge/qv (m3/h) 9 Specific speed/ns 80.67 Diameters of
impeller/D2 (mm) 94

Head/H (m) 12 Chamber
diameter/DV (mm) 140 Chamber throat

area/Fthr (mm2) 504

Rotational speed/n
(r/min) 2850 Width of

blade/b2 (mm) 20 Width of
chamber (mm) 25

Pump efficiency/η (%) 50 Volute chamber lines ring-shaped Base circle diameter of
chamber/D3 (mm) 100

Shaft power/P (kW) 0.55 Number of
blades/Z (piece) 8 Diameter of

volute/Dj (mm) 32

Net positive suction
head/NPSHr (m) 4 Blade

thickness/δ (mm) 1.5 Blade airfoil lines radialized

3. Model Pump Performance

The pump is directly connected to the motor, and the power of the pump shaft was measured by
the electronic method. The no-load motor is in line with GB/T 12785-91 standards (Test Methods for
Submersible Motor Pumps), the pump performance test was carried out according to GB/T 3216-2005
(Rotodynamic Pumps—Hydraulic Performance Acceptance Tests, Grades 1 and 2), and the frequency
converter was used to adjust to the rated speed. Figure 2 is the scheme of the experimental test bench.
The technical data for instrumentation are provided in Table 2.

Figure 2. Scheme of the experimental test bench.

Table 2. The technical data for instrumentation.

Parameter Instrument Precision Parameter Parameter Precision

Pump head/H pressure gauge 0.4 Current/A ammeter 0.5
vacuum gauge 0.4 Voltage/V voltmeter 0.5

Discharge/qv electromagnetic flow meter 0.5 Shaft power/P wattmeter 0.5
Rotation rate/n digital tachometer 0.5 Resistance/R digital resistance meter 0.1

Pump experimental performance curves are shown in Figure 3 (ηgr is the unit efficiency).
The optimal operating conditions of the pump are: discharge (qv) is 9.00 m3/h, pump head (H) is
12.88 m, maximum efficiency (ηmax) is 53.13%, and specific speed ns is 76.5. The pump qv-H curve is flat,
higher than in the design condition. The qv-P curve rises faster than other curves. The discharge-critical
net positive suction head (qv-NPSHc) curve is parabolic-diminishing and shows the opposite trend
compared with the centrifugal pump’s qv-NPSHc curve. The critical NPSH of small flow is larger,
but the critical NPSHc decreases with the increased discharge.
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Figure 3. Experimental pump performance curves.

ηp: pump efficiency; ηgr: unit efficiency; H: pump head in m; P: shaft power in W; NPSHc:
critical net positive suction head in m; qv: discharge in m3/h; qv-H: discharge-pump head; qv-P:
discharge-pump shaft power in w; qv-ηp: discharge-pump efficiency; qv-ηgr: discharge–unit efficiency;
qv-NPSHc: discharge-critical net positive suction head.

4. Numerical Calculation of Pump’s Internal Flow Field

4.1. Governing Equation

The flow field was calculated based on selecting the best condition of pump performance test.
The internal flow field of the vortex pump is very complex, which is three-dimensional turbulent flow
dominated by strong swirling flow. It is affected by many factors, such as curvature, rotation, and so
on. Choosing the turbulence model for the calculation of the internal flow field is very important.
The previous calculation used the standard k-ε two-equation model [12–14], which is a local equilibrium
model that cannot accurately predict turbulence with drastic changes in mean flow, such as separation
flow and swirling flow. Later, the researchers applied the modified k-ε and the Reynolds stress equation
model—which was derived from the anisotropic conditions—to the numerical calculation of the strong
cyclonic flow field. The renormalization group k-ε turbulence model is called the RNG k-ε model.
The coefficient in the RNG k-ε turbulence model is derived by using the RNG model theory. There is
an additional item R in the k-ε equation, which represents the effect of the average strain rate on the
turbulent dissipation rate ε. The RNG k-ε turbulence model can simulate the flow separation and
vortex well. Moreover, because of the complexity of the Reynolds stress model and the large amount of
computational resources, we chose the RNG k-ε model to numerically calculate the three-dimensional
flow in the vortex pump [15].

There are three expressions of the governing equation:

(1) The continuity equation
∂ρ

∂t
+

∂(ρui)

∂xi
= 0 (1)

(2) The momentum equations

∂(ρui)

∂t
+

∂
(
ρuiuj

)
∂xj

= − ∂p
∂xi

+
∂

∂xj

[
μ

∂ui
∂xj

− ρu′
iu

′
j

]
(2)

− ρu′
iu

′
j = μt

[
∂ui
∂xj

+
δuj

δxi

]
− 2

3

[
ρk + μt

δuj

δxi

]
δij (3)
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(3) The k and ε equation

ρ
Dk
Dt

=
∂

∂xj

[(
μ +

μt

σk

)
∂k
∂xj

]
+ 2μtSij

∂ui
∂xj

− ρε (4)

ρ
Dε

Dt
=

∂

∂xj

[(
μ +

μt

σε

)
∂ε

∂xj

]
+ 2C1ε

ε

k
μtSij

∂ui
∂xj

− C∗
2ερ

ε2

k
(5)

where

μt = Cμ
k2

ε
(7)

Sij =
1
2

(
∂ui
∂xj

+
δuj

δxi

)
(8)

C∗
2ε = C2ε +

Cμη3
(

1−η
η0

)
1 + βη3 (9)

η =
√

2SijSij
k
ε

(10)

where δij is unit tensor, η0 = 4.38, Cμ = 0.0845, β = 0.012, C1ε = 1.42, C2ε = 1.68, αk = 0.7194,
and αε = 0.7194.

The environment temperature is 25 ◦C. The medium is water, and the density ρ is 997 kg/m3.
The dynamic viscosity μ is 0.89 mPa·s. The quantities with over-bar (such as ui) are mean values.

4.2. 3D Modeling and Grid Division

The 3D modeling software Pro/ENGINEER (Version 5.0, PTC, Needham, MA, USA, 2015) [16–19]
was used to perform solid modeling of the vortex chamber of the vortex pump and impeller region.
The computational domain consists of the impeller region and volute region, in which the volute
region is the stationary region. The impeller region is the rotating region and the transmission coupling
flow parameter between the impeller and volute region is processed by the frozen rotor method.
The calculation of the impeller flow field is carried out in the relative coordinate system, while the
vortex chamber flow field calculation is carried out in the absolute coordinate system and the integral
calculation of the dynamic and static components is realized through the coupling calculations between
the two parts. Because the interface grid between the computational domains is not exactly the same,
the general grid interfaces (GGIs) are used to connect the parts. The computational grids are divided
by ANSYS® ICEM Tetra tools (Version 14.5, ANSYS, Canonsburg, PA, USA, 2012). The tetrahedral
mesh is divided into the vortex chamber region and the impeller region, respectively, and the residual
error is 10−4. The number of mesh units is 616,369, and the number of nodes is 117,300, as shown in
Figure 4.

(a) (b) 

Figure 4. Simulation grids: (a) Volute; (b) Impeller.
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4.3. Boundary Conditions

4.3.1. Inlet Boundary Conditions

The inlet of the vortex pump calculation area is an axial inlet. The inlet axial velocity value is
given at the inlet pipe according to the flow rate. Assuming that the inlet has no rotation, the tangential
velocity and the radial velocity are 0, and the turbulence is fully developed and evenly distributed in
the import section. A is the area of the inlet of the vortex pump. The inlet axial velocity vin is given at
the inlet pipe according to the flow rate qv.

vin =
qv

A
(11)

The turbulent kinetic energy and turbulent energy dissipation rate at the inlet are set according to
the flow and inlet cross-sectional area. The formula is as follows:

kin =
3
2
(uI)2 (12)

u is the mean flow velocity, and here u = vin.

εin = C
3
4
μ

k
3
2
in
l

(13)

where I is turbulence intensity

I = u′/u = 0.16
(

ReDH

)− 1
8 (14)

From the above formula, u′ is the root-mean-square of the turbulent velocity fluctuations, u is the
is the mean velocity, and l is the inlet’s length, ReDH is the Reynolds number based on DH, and DH
represents the hydraulic diameter,

l = 0.07L (15)

where Cμ is 0.09, and L is the associated length. For the full development of the turbulence, desirable L
is equal to the hydraulzic diameter. Here, L is equal to the inlet round pipe diameter.

Specific boundary conditions: velocity vector (0 m/s, 0 m/s, 3.11 m/s), turbulent kinetic energy
kin = 0.021 m2/s2, and turbulent kinetic energy dissipation εin = 0.22 m2/s3.

4.3.2. Outlet Boundary Conditions

Assuming that the outlet flow is fully developed for turbulence, the specific boundary conditions
are as follows:

The outlet type is known as Outlet, and the average static pressure ps = 101,325 Pa.

4.3.3. Wall Boundary Conditions

In the non-slip boundary condition (No Slip) of the solid wall, the wall function method is used
to calculate the turbulence in the vicinity of the wall. The influence of the wall roughness on the flow
field is neglected in the calculation.

5. Numerical Results

5.1. The Flow Distribution of the Static Pressure Inside the Pump

Figures 5–8 are all based on the calculation result of CFX software (Version 14.5, ANSYS,
Canonsburg, PA, USA, 2012). Based on the coordinate system in Figure 1, Figure 5 shows the static
pressure distribution on the axial cross-section where Z is −10 mm. This axial section is also the middle
cross-section of the impeller blade. According to the static pressure value and its position (radial
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direction and r =
√

x2 + y2), Figure 6 is generated. Figure 6 shows the static pressure ps variable
curves along the 0◦, 90◦, 180◦, and 270◦ radial directions. Figures 5 and 6 show that the center of
the impeller is the lowest static pressure area in this axial cross-section, which is negative pressure
(vacuum). The pressure in the center of the impeller is also lower than the pressure in the center of
the chamber, so the run-through flow from chamber to impeller can be formed. When the fluid flow
enters into the region near the blade, centrifugal force applies work on fluid flow and the pressure is
increasing. So, in the region near the impeller edge, the pressure is higher than other regions.

Figure 5. Static pressure distribution for the axial cross-section Z = −10 mm.
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Figure 6. Static pressure distribution for the axial cross-section Z = −10 mm along the radial direction.

Figure 7 shows the static pressure distribution for the axial cross-section where Z is 12.5 mm,
which is also based on the coordinate system in Figure 1. This axial section is the middle axial
cross-section of the chamber. Figure 8 is generated according to the static pressure value and its
position (radial direction). Figure 8 shows the static pressure ps variable curves along the 0◦, 90◦, 180◦,
and 270◦ radial directions. Figures 7 and 8 show that the center of the chamber is the lowest pressure
area in this axial cross-section, which is negative pressure (vacuum). So, the fluid flow from inlet to
chamber can be formed.
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Figure 7. Static pressure distribution for the axial cross-section Z = 12.5 mm.
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Figure 8. Static pressure distribution for the axial cross-section Z = 12.5 mm along the radial direction.

5.2. Flow Velocity Distribution in the Pump

Figures 9 and 10 are also the calculation result of CFX software. Based on the coordinate system in
Figures 1, 9 and 10 respectively show the absolute velocity v, the circumferential velocity vu, the radial
velocity vr, and the axial velocity vz of two different axial cross-sections. Absolute velocity v is the
vector synthesis result of vu, vr, vz.

Figure 9 shows the velocity variable on the axial cross-section, where Z is −10 mm. This axial
section is the middle cross-section of the impeller blade. Figure 9a–d show the v, vu, vr, vz variable
curves along the 0◦, 90◦, 180◦, and 270◦ radial directions on the axial cross-section where Z is −10 mm.

Figure 10 shows the velocity variable on the axial cross-section, where Z is 12.5 mm. This axial
section is the middle axial cross-section of the chamber. Figure 10a–d show how the v, vu, vr, vz change
along the 0◦, 90◦, 180◦, and 270◦ radial directions on the axial cross-section, where Z is 12.5 mm.
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Figure 9. Velocity variable curves for the axial cross-section Z = −10 mm along the radial direction.
(a) 0◦; (b) 90◦; (c) 180◦; (d) 270◦.
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Figure 10. Velocity variable curves for the axial cross-section Z = 12.5 mm along the radial direction.
(a) 0◦; (b) 90◦; (c) 180◦; (d) 270◦.
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5.3. Numerical Simulation of the Pump Performance Curve

The discharge calculation software CFX was used to calculate the discharge at 2850 r/min.
The calculated performance and measured curves are shown in Figure 11.
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Figure 11. Performance comparison between experiments and simulation.

Disk frictional loss and volume loss are difficult to determine, and the computational fluid
dynamics (CFD) numerical simulation pumper efficiency only considers hydraulic efficiency.
The calculation model is simplified, for instance, by neglecting the clearance between the impeller back
shroud, water pressure chamber, and surface roughness, etc.

6. Experimental Verification

In this paper, five spherical probes were used to extend into the vortex chamber, and five points
were measured. The location of the measuring points is shown in Figure 12. The measuring system and
principle of the probe are shown in Figure 11. The flow field calculation, measurement data, and the
curve contrast are shown in Table 3 and Figure 13. Curves in Figure 13 are based on the coordinate
system in Figure 1.
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(a) (b) 

Figure 12. Probe measuring system. (a) Structure diagram of the five-hole spherical probe; (b) Connection
system diagram of five-hole spherical probe and differential pressure meter.
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Figure 13. Calculated and measured curves of flow field curves on the axial-cross-section Z = 12.5 mm.

It can be seen from the comparison and analysis that the numerical calculation is consistent with
the experimental results, which can reflect the internal flow pattern of the vortex pump. The numerical
simulation results are reliable, and can be applied to the qualitative and quantitative analysis of the
internal flow field of the vortex pump.
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7. Comprehensive Analysis of Research Results

Based on the CFD numerical calculation and experimental results, we can carry out a
comprehensive analysis of the internal flow rules of the vortex pump

Due to the unique structure and working principle of the vortex pump (i.e., the use of a semi-open
impeller), the impeller and vortex chambers are fully open and connected, and the vortex chamber
and pump outlet are connected through a channel. Carrying on with the flow field analysis, we must
consider the concept of potential strength; i.e., the flow field of gravity and centrifugal inertia forces.
The unequal mass force of the impeller is an important reason for the asymmetric distribution of the
impeller flow field and the degree of disorder.

In the center of the impeller, because the hub occupies the central space, in order to form a vacuum
range in the 10 mm < r < 20 mm annular area (r represents the radius with the center of the impeller as
the origin), the lowest point of static pressure is in the upper y = 20 mm position, up to −3.6 × 104 Pa,
and it can be inferred that bubbles are first produced in this region, while the lower static pressure
remained at −2.7 × 104 Pa or so, forming clear dropped gradient upward pressure. The pressure in
the lower half of the whole impeller chamber and the vortex chamber is greater than the pressure at
the corresponding position of the upper part, and the static pressure reaches a maximum of about
1.1 × 105 Pa at the outlet of the pump body and becomes the main body of the pump head. The vacuum
area is greater than the pump inlet area (pump inlet d = 32 mm). The main reason is the gravity field
mass force potential function W = gz; the potential energy at the lower position is greater than that at
the top. In addition, the lower gravity is in accordance with the centrifugal inertial force, increasing
the pressure energy in the region. The structure is mainly due to the influence of the pump’s outlet.

In the range of 20 mm < r < 48 mm, the static pressure of the impeller chamber and the vortex
chamber grows linearly, which is influenced by the impeller and has a forced vortex property. In the
range of 50 mm < r < 70 mm, the upward trend of static pressure is slowed down, which indicates that
the imposition of the impeller is reduced and the steady growth of the static pressure is due to the
increase in the volume of the vortex chamber and the partial kinetic energy. The hydraulic design of
the radius of the volute chamber and the width of the channel is calculated by this principle, and the
cross-sectional area of the flow passage is found in the determination of the optimum velocity in the
flow passage.

In the range of r > 20 mm, the center speed of vu and the absolute speed v of the impeller almost
coincide with each other, and have greater values than the speed at the center of the vortex chamber.
That is, the velocity of the volute chamber lags behind the rotation velocity of the impeller, and the
vortex chamber vu and v almost coincide. It can be seen that the width of the volute chamber should
not be designed too wide under the premise of ensuring passing capacity; otherwise, the delay of the
chamber velocity will increase.

Within the radius of the impeller, vu is approximately equal to the circumferential velocity of
the impeller with the same radius. The vumax is approximately 14.3 m/s, which is equal to the
circumferential velocity (vu = 14.326 m/s) near the outer edge of the impeller. It can be shown that
numerical simulation achieves sufficient accuracy. In the range of 20 mm < r < 48 mm, the center of vu

and v of the impeller rise almost linearly, and the center of the vortex chamber rises to approximately a
parabola. In the range of r > 48 mm, the center of the vortex chamber is of approximately parabolic
descent, and the partial kinetic energy is converted to pressure energy.

Because of the pressure gradient, the r < 20 mm vz range of axial velocity distribution is not
uniform, and the maximum velocity is in the position of 90◦ section y = 15 mm. At a maximum of
about vzmax ≈ 5.0 m/s for the impeller, the volute chamber value is vzmax ≈ 3.0 m/s. In the r < 20 mm
range, the radial velocity vr varies irregularly, while in the r > 20 mm range, the radial velocity vr

fluctuates little.
The calculated pump head is slightly higher than the measured value. This is due to the neglect of

mechanical loss and volumetric loss. The maximum hydraulic efficiency of the vortex pump is about
60%. Low hydraulic efficiency (i.e., flow loss) causes the main part of pump energy loss [20].
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8. Conclusions

In a small flow state, the qv-NPSHc curve of vortex pump is the opposite to the qv-NPSHc of
the centrifugal pump, and NPSHc value is large, that is, the vortex pump has poor anti-cavitation.
At present, in ISO9906 (rotodynamic pumps—hydraulic performance acceptance tests—grades 1,
2 and 3), the evaluation methods of the centrifugal pumps are used for assessment of the rotodynamic
pumps. Hence, the rationality of the evaluation methods is worthy of further study.

The experimental performance test of the prototype of the vortex pump (32WB8-12) indicates
the 32WB8-12 pump has good performance and its optimized hydraulic model is worth popularizing.
The numerical calculation is verified by the local experiment, and it is concluded that the numerical
calculation of the internal flow field of the vortex pump gives realistic results. The pressure distribution
in the vortex chamber presents a uniform increasing trend, and the velocity distribution appears to be
in a turbulent state, which is characterized by a combined vortex. It is suggested that the flow rate be
controlled to improve the efficiency of the vortex pump [21].

The stable pressure gradient is formed from the inlet of the vortex pump to the center of the
impeller. The lowest pressure in the vortex chamber is −2.5 × 104 Pa and it is located at the center
of the cavity of vortex chamber. The area of low pressure is greater than the pump entrance area.
Therefore, the 32WB8-12 vortex pump has advanced suction and anti-cavitation performance.

Probes were used for measuring the pressure and velocity field synchronously, which had to be
installed in the flow and caused slight interference to the original flow field and generated some error.
In the following research, non-contact laser PIV technology will be applied to measure velocity, as it
can obtain the velocity field accurately without disturbing the flow field. Non-contact laser PIV can be
combined with the probe to measure the accurate internal flow field of the vortex pump. Furthermore,
we will establish a flow model based on studies of precise numerical simulation technology and carry
out studies on the two-phase flow medium and cavitation fluid field of the vortex pump. Thus, we can
reveal the internal mechanism of the excellent performance of the vortex pump.
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Abstract: The dynamic characteristics and energy loss in a shifting control system is important and
necessary in the performance improvement of an automatic transmission. The direct operating
solenoid valve has been considered as a potential component applying in the shifting control system
in vehicle. The previous method can solve only a specific physical field or use the test results of the
magnetic force as input curve. The paper presents a numerical approach for solving the multi-domain
physical problem of the valve. A precise model of the direct acting solenoid valve considering
different physical field is developed. An experimental study is also performed to evaluate and
confirm the simulation. Based on the model, the influences on the dynamic characteristics of the
valve are analyzed by calculating forces acting on the valve. The systematic analysis of forces and
energy loss characteristics are performed for three different flow conditions varying clearance height
from 10 μm to 30 μm. The results demonstrate that the pressure response time can be improved
with smaller clearance between the spool and the sleeve. Moreover, the leakage of the shifting
control system employing the direct acting solenoid valve can be reduced by 60% compared to the
conventional two-stage pilot valve in our previous product.

Keywords: direct operating solenoid valve; energy loss; forces; response pressure; leakage flow

1. Introduction

To shift from one gear to another in an automatic transmission, one clutch needs to be released
and another needs to be applied. The shifting control system of the automatic transmission controls
the clutch pressure and the corresponding transmitted torque during shifting process. The dynamic
characteristics of the shifting control system are directly related to the shifting quality. Figure 1 is the
conventional structure of a shifting control system consisting of a relieve valve, a pilot solenoid valve
and a clutch control valve. In this structure, the automatic transmission fluid passes through several
valves and complicated oil lines from the main line to the clutch. The long passage causes the delayed
pressure response, low control accuracy and big leakage.
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Figure 1. Conventional structure of the shifting control system.

With the development of the industry, a new pressure valve called direct operating solenoid
valve could take place of the conventional two-stage structure for its small leakage, large flow, high
reliability and high control accuracy. Figure 2 is the structure of the shifting control system applying
the direct operating solenoid valve. It is obvious that simple structure and light weight of the system
can be obtained by utilizing this kind of structure which has been more and more adopted in the latest
automatic transmission. The direct operating valves are produced by many well-known worldwide
companies such as Tosok, Bosch, Highlight and Narchi. Improving the characteristics of the valve
can directly contribute to the performance of the shifting control system. Hence, a growing interest in
direct operating valves emerges from scientific centers.

Figure 2. Structure of the shifting control system applying the direct operating solenoid valve.

Presently, many studies on the solenoid valve are focused on a specific physical field such as the
magnetic field or the flow field. Shuai Wu et al. [1] proposed a new direct drive valve which has high
frequency voice coil motor and advanced digital controller. A digital controller and a hybrid controller
were developed to control the valve motion and were indicated to improve the control accuracy and
robustness of the system through test. The static characteristics of the electromagnetic linear actuators
were analyzed by A. Schultz [2]. 3D electromagnetic fields analysis of the electromagnet was carried out
using ANSYS. Influence factors such as working area, coil turns, core number, armature depth and iron
material that affects the magnetic force were discussed in detail. The influencing law to the magnetic
force was obtained [3]. Liu Qianfeng et al. [4] reported that the electromagnetic force of the direct
action solenoid valve was mostly influenced by the current. Optimization of the design parameters
of the valve was achieved by complex method. The control accuracy of the magnetic force could be
well improved based on the studies. Yujeong Shin et al. [5] adapted Ansys Maxwell electromagnetic
analysis software to model the electromagnetic dynamics and selected the best optimization model
using the verified approximation model. However, the dynamic characteristic of the valve could not
be adequately enhanced if we only study the magnetic force because a sensitive pressure response is
caused by the interaction of the resultant force.

Multi-physics coupling models were reported in many studies. The valves were usually designed
as compact constructions, which contain a mechanical part, a hydraulic part and an electronic
controller in a single module. Gee Soo Lee et al. [6] carried out a three-dimensional numerical
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simulation employing a moving mesh with dynamic layering meshes for varying boundary conditions
to investigate the flow dynamic behavior and pressure characteristics of a variable force solenoid
valve. Klaus Mutschler et al. [7] presented an alternative approach using network simulation methods
to model a dispensing valve using a simulation software SABER. The model could correctly predict
the dispensed liquid volume in dependence of the main parameters like pressure and opening time.
Another multi-physics modeling method was introduced by Liu Yanfang et al. [8]. They successfully
predicted the dynamic characteristics of a proportional solenoid valve and used it for valve design.
Liu Z. et al. [9] optimized the structure of a large flow solenoid valve by multi-physics modeling
method. Yi Xiong et al. [10] extended the dynamic model of the high-response dual proportional
solenoid valve discontinuous projection-based adaptive robust control to synthesize controller to
deal with the parametric uncertainties and uncertain nonlinearities. Both the simulation and
experimental results showed the proposed controller was effective. The nonlinear characteristic,
the orifice area and the dynamic model of the solenoids were also analyzed using Matlab by
Yaguang Zhu and Bo Jin [11]. Meanwhile, Liu Lei et al. [12] analyzed the influences of throttle nozzles’
diameter and other parameters on the dynamic and static characteristics of a low-pressure large-flow
pilot-operated solenoid valve via AMESim simulation software. And optimization was conducted
in the model. Chang-Dae Park et al. [13] provided a convenient method of design verification of
solenoid operated valve. Lan Wang et al. [14] found that firing current, holding current, spring
pre-tightening force and spring stiffness had great effects on the dynamic response characteristics
of solenoid valve. An electromagnetic mathematical model of a high-speed solenoid valve was
developed in Fortran language. Jianhui Zhao et al. [15] discovered that the electromagnetic energy
conversion characteristics of the HSV were affected by the drive current and the total reluctance,
consisting of the gap reluctance and the reluctance of the iron core and armature soft magnetic materials.
Paul D. Walker et al. [16] established mathematical models of the integrated electrohydraulic solenoid
valve and wet clutch piston assembly in the Simulink environment of Matlab. The dependency of the
system to system variables on input pressure and the influence of air content on dynamic response of
the valve were investigated.

Though an amount of work has been done on the direct operating solenoid valve, there still exist
several shortcomings in previous studies. The magnetic force obtained from the tests is input directly
into the model rather than real-time computing which would result in the capability of analyzing the
magnetic force. Forces, including the magnetic force, play a very important role in a direct operating
valve because they have strong relation to both the pressure response and the leakage. Therefore, it is
essential to introduce a multi-physics method which could compute all forces in real time and predict
the dynamic characteristics of the direct operating solenoid valve.

In this paper, a multidisciplinary approach was conducted to obtain the dynamic characteristics
of the direct operating solenoid valve. According to the approach, the simulation model of the valve
was developed using the minimum element method. Secondly, experiments have been conducted on
the test rig in order to verify the numerical results. The experimental results showed good agreement
with the simulated ones, which confirm the accuracy of the simulation model. Thirdly, based on the
model, the influencing factors including forces, critical size and leakage flow on the performance of
the valve were detailed and analyzed. Finally, suggestions are proposed to improve the performance
of the direct operating solenoid valve, which could be effective for the valve design.

2. Valve Structure and Principle

The direct operating solenoid valve is composed of mechanical subsystem, electro-magnetic
subsystem and hydraulic subsystem as shown in Figure 1. The electro-magnetic subsystem is composed
of coil, armature and tube. The mechanical subsystem consists of a sleeve in which a spool and a
spring are located inside. The position of the spool is mainly determined by an electromagnetic force,
a spring force and a feedback force arising from the pressure difference of the orifice.
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The solenoid valve under study is a direct operating solenoid valve manufactured by Tosok
(Kanagawa Prefecture, Japan). The valve is kept at its closed position by the return spring if there is no
input current (Figure 3a). The control port is connected to the exhaust port.

Figure 3. (a) Structure of the direct operating solenoid valve (b) Working principle of the valve.

When the solenoid is energized, the magnetic force actuates the spool to move against the return
spring. Then the supply port opens where the transmission fluid flows through to the control port.
Meanwhile, the exhaust port is closed, and the fluid enters the control port to reach precise control
pressure and finally flows to the clutch as shown in Figure 3b. Likewise, the fluid discharging from
the clutch reenters the valve through the control port and flows to the tank as the electric current
disappears and the spool returns to its initial position.

3. Modeling

A direct operating solenoid valve is a multi-physics system with characteristic of strong
nonlinearity. Different subsystems of the valve are investigated and expressed in nonlinear
state equations.

In the model, the outflow direction is assumed to be positive. The variables in mathematical
model are scalars during calculation. However, the flow direction will be prejudged before solving the
system equation.

3.1. Electro-Magnetic Subsystem

The magnetic force is the driving force of the direct operating solenoid valve which is generated
by the magnetic circuit when electric current is input. The magnetic circuit is formed of a fixed core
surrounded by the coil turns and an armature connected to the spool which moves with the spool
under the effect of the exerted magnetic force.

According to Kirchhoff’s Voltage Law, the following equation must be held for each loop in the
magnetic circuit:

∑ Vm,n = ∑ Φn · Rm,n = 0 (1)

where Vm,n is the magnetic voltage, Φn is the magnetic flux, Rm,n is the magnetic resistance.
With the definition of the magnetic flux, the following statement is applied to any connection

between these components of the magnetic circuit:

∑ Φi = 0 (2)

From the first equation of Maxwell, the electric field could be expressed as follows:
�

H · ds = θ (3)
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where H is the magnetic field strength.
The relationship between magnetic field and electric field is

Vm = θ = w · i (4)

where w is the winding number, i is the electric current.
In the electromagnetic field, the electric voltage difference VEi consists of the voltage drop and the

induced voltage.

VEi = REi · i + w · dΦ

dt
(5)

where REi is the electric resistance.
According to the following fundamental relations:
The magnetic field intensity B is

B =
Φ

Aa
(6)

where Aa is the area of air gap.
The magnetic field strength is

H =
Vm

l
(7)

where l is the air gap length.
The magnetic resistance Rm can be stated as

Rm =
l

μ0 · Ac
(8)

where μ0 is the permeability of vacuum.
The cross-sectional area Ac is

Ac =
π

4
· d2 (9)

where d is the diameter of air gap.
The magnetic voltage is

Vm = Rm · Φ (10)

H =
B
μ0

(11)

Hence, the static magnetic force is

Fms =
1
2
· Φ2

Air · Rm =
1
2
· Φ2

Air ·
l

μo · A
(12)

where ΦAir is magnetic flux of airgap.
However, the air gap length will keep changing when the spool starts to move with the magnetic

force. Thus, the dynamic magnetic force Fmd is calculated as

Fmd =
1
2
· Φ2

Air ·
dRm

dl
(13)

3.2. Hydraulic Subsystem

The electromagnetic and mechanical parts of the valve are used to control the flow through the
valve orifice by controlling the spool position. The flow balance of the supply line can be described as

.
pout =

β

Vout

(
Qsup − Qcon − Q f b

)
(14)
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where
.
pout is the output pressure, β is the buck modulus of the hydraulic fluid, Vout is the volume of

the output port and Qsup, Qcon, Q f b is the flow through the supply port, control port and the feedback
orifice, respectively.

The flow through the supply port is as follows [17–20]

Qsup = Cd Asup(xv)

√
2
ρ

∣∣psup − pcon
∣∣ (15)

where Cd is the unitless discharge coefficient, Asup is the area of the supply port, xv is the spool position,
ρ is the fluid density, psup is the supply pressure and pcon is the control pressure.

The flow through the control port is given as

Qcon = Cd Acon(xv)

√
2
ρ

pcon (16)

where Acon is the area of the control port.
As the control port feeds to the clutch piston cylinder, the initial pressure Pclu should be 0. Thus,

the differential pressure in Equation (16) should be |Pcon-Pclu|, simplified as Pcon.
There exists an orifice which connects with the control port to regulate the output pressure

because of the choking effect. The feedback force from the orifice is large enough to be one of the most
important influence factors of the spool kinstate. Equation (17) is used to calculate the orifice flow.

Q f b = Cdπr2
f b

√
2
ρ

∣∣∣pcon − p f b

∣∣∣ (17)

where r f b is the radius of the orifice, p f b is the feedback pressure.
The dynamic behavior of pressure in the orifice can be illustrated as

.
p f b =

β

Vf b

(
Q f b + A f b · .

xv

)
(18)

where Vf b is the volume of the chamber from the control port to the pressure feedback area.

3.3. Dynamics Motion

The spool of the direct operating solenoid valve is subjected to the magnetic force, feedback
force, friction force and compression spring force. Deduced from Newton’s second law, the dynamic
equation of the direct operating valve can be expressed as the following second order differential
equation [21–25].

Mv · ..
xv =

[
Fm − Ff b − Fvs − Dv

.
xv − Fsp

]
(19)

where, Mv is the spool mass, Fm is the magnetic force, Ff b is the feedback force, Fvs is the viscous force,
Dv is the damping coefficient, Fsp is the spring force.

Figure 4 is the force diagram of the direct operating solenoid valve. The magnetic force is the
force which is generated by the electric coil acting on the armature and is transferred on the spool.
The feedback force arises when the feedback pressure in the feedback chamber acts on the end face
of the spool. The viscous force appears when the spool has a tendency to move. The spring force
originates from the compression of the spring.
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Figure 4. Force diagram of the direct operating solenoid valve.

Fvs = τω · Aτ (20)

where, τω is the wall shear stress, Aτ is the contact area for wall shear.

Aτ = ω · lc (21)

τω = (h/2lc) · p (22)

where, ω is the clearance width, lc is the clearance length, h is the clearance height.
The compression spring is fixed at the end of the spool, and the spring force is

Fsp = kv(xv + xv0) (23)

where kv is the spring coefficient.
The feedback force from orifice can be derived as

Ff b = A f b p f b (24)

Simulation of the direct operating solenoid valve is developed based on the above mathematical
models. The model parameters are defined according to the real geometric structure.

3.4. The Simulation Model

The dynamic characteristics of the direct operating solenoid valve can be accurately solved
by Simulation X based on the above mathematical method. The simulation model of the valve was
developed adopting the minimum element method in which model parameters were defined according
to the real geometric structure. And Figure 5 is a general view of the created simulation model in
which the solenoid valve is detailed and modeled.
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Figure 5. Modeling of the direct operating solenoid valve.

3.5. Validation of Model

To evaluate the performance of the simulation model of the direct operating solenoid valve,
the laboratory testing is conducted to make the comparison with simulation results. Figure 6 provides
the schematic diagram of the test rig 12. It is comprised of a heat exchanger 1 manufactured by
Siemens(Berlin, Germany), an oil filter 2, a motor (also by Siemens), an oil pump 3 whose rated power
is 13.6 kW, a reservoir, a TCU 5, an external computer 4 and a fixture 11 where the direct operating
solenoid valve inserted in. The pressure of the control port is measured by a pressure sensor 9 (Sensata,
Attleboro, MA, USA) which has a measuring range of 0–2.5 MPa. And the flow rate is obtained by a
flow meter 6 (Hydrotechnik, Limburg, Germany) ranging from 7.5 L/min to 30 L/min. The automatic
transmission fluid used in the test is Dexron IV from local supplier.

Figure 6. Schematic diagram and photos of experimental test rig.
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The principle of the hydraulic circuit can be simply described as follows. High pressure hydraulic
fluid was supplied from the mechanic pump driven by the motor to the direct operating solenoid valve
10 installed in a tailor made fixture 11. The control pressure of the solenoid valve spool was controlled
by the input signal sent by the computer and transferred by the transmission control unit (TCU) to the
electromagnetic unit. The control pressure, which is a most important feature to verify the simulation
model as well as analyze the valve dynamic characteristics, was displayed in the computer collected
by the pressure sensor and converted by TCU.

Comparison was made between the measured and simulated pressure at the control port.
The input current which is extracted from the actual control signal is shown in Figure 7. The current
begins with a peak up to 600 mA to activate the spool within 0.01 s. After 0.14 s, the electric current
returns to 300 mA and holds for 1 s. From 1.16 s to 11.16 s, the electric current increases linearly to
1000 mA and maintains for another 1 s. Finally, the electric current declines to 0 from 12.16 s to 28.29 s.
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Figure 7. Comparison of experimental and numerical control pressure in the direct operating
solenoid valve.

Both the simulated and measured control pressure at the control port is illustrated in Figure 7. It is
obvious that the maximum pressure in the simulation result is the same with that in the experimental
one. And there is a good agreement between the two curves with about only 4% error of the slope.
Moreover, the pressure response time and the time when the pressure disappears are completely
consistent. Therefore, the experimental result confirms the correctness of the model. The pressure
difference is within 0.1 MPa, which is probably caused by the equipment error.

4. Results and Discussion

The response time and the leakage flow are two of the most important characteristic indicators
of the solenoid valve. Analysis has been conducted for the two characteristics of the direct operating
solenoid valve.

4.1. Analysis of Pressure Response

Figure 8 shows the curves of the control pressure and the spool displacement. In the initial
opening process of the direct operating solenoid valve from 0–0.38 s, the pressure greatly rises up
because the spool suddenly moves fast. And the movement of the spool keeps the opening area of
the control port almost the same so that the pressure increases smoothly during the next 0.5 s. Finally,
the pressure goes down with the closing command and the spool returns back.
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Figure 8. Control pressure and displacement of the valve. (a) Input signal (b) Control pressure
(c) Spool displacement.

Since the motion of the valve is determined by the resultant force on the valve, all forces acting on
the spool as well as the spool displacement are depicted in Figure 9. The spool remains still in the range
of 0 to 0.4 s because the increasing magnetic force is smaller than the composition of the spring force
and the viscous force. And there is no feedback force due to the closure of the input port. Once the
magnetic force is big enough, the spool moves immediately after there appears the feedback force.
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Figure 9. Forces on the spool and valve displacement.

Further analysis on the forces is conducted combining Figures 9 and 10. There are spring force
called preload force before the spool starts to move, and viscous force acting on the spool when without
current. The preload force comes from the spring compression. When leakage flows through the
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sleeve and spool, the viscous force is generated by the leakage from the supply port to the control port.
When the electric current is input, the magnetic force grows up and becomes larger than the preload
force at 0.32 s.
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Figure 10. Forces acting on the spool during 0.4–0.43 s.

As the magnetic force grows large enough to overcome the preload force combined with the
viscous force, the force balance is thrown off and the spool starts to move against the spring and the
spring is compressed, which causes the spring force to rise. When the supply port is connected to the
control port, the fluid flows through to the clutch. Meanwhile, the feedback force appears at 0.41 s to
hinder the opening of the control port and changes with the control pressure. At the opening phase
of the control port, the feedback force heavily fluctuates due to the sharp increase of the feedback
pressure. Since different force changes at different speed, the acceleration is not constant and the
displacement of the spool varies. It is worth noting that the magnetic force will vary with the input
current during the spool movement and remain the similar variation trend with the control pressure.

It can be observed that the active force on the spool is the magnetic force. The passive forces on
the spool are the spring force, the viscous force and the feedback force. The motion state of the valve
depends on the resultant force acting on the spool and can be divided into three phases: (1) Stationary
state. There is only spring force acting on the spool. (2) Moving tendency. The magnetic force, spring
force and the viscous force apply on the spool. However, the magnetic force is in the opposite direction
to the spring and viscous forces. The control port is still closed. (3) Motion state. The feedback force
arises in the feedback chamber since the control port is connected to the supply port. The spool
begins to move under the action of the magnetic force, the spring force, the viscous force and the
feedback force.

The pressure and flow response characteristics are important indicators of the performance of
the direct operating solenoid valves. A faster response characteristic is not the better one, because the
pressure overshoot will be amplified if the response is too fast. However, the response delay will lead
to the reduction of the control accuracy. The response characteristics are mainly dependent on the
spool motion state which mostly relies on the resultant force on the valve.

In order to improve the pressure response time, the spool motion should be started earlier in
order to reach force balance. This target can be reached by increasing the active force or decreasing
the passive force. The spool will move earlier if the preload force and the viscous force diminished.
Moreover, the control port could be more quickly opened if the spring stiffness decreases. Nevertheless,
the spring was not analyzed in this paper as it is an optional product. More research will be done on
the magnetic force and the viscous force in the further.
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4.2. Analysis of Forces

The magnetic force is the main driving force acting on the solenoid valve which would significantly
influence the pressure response time. Meanwhile the response time will change with the variation of
the magnetic force.

The critical structure of the magnetic part that impacts on the magnetic force was analyzed using
the model proposed in this paper. The air gap in the magnetic part transfers forces generated by the
magnetic part to the mechanical part. Different diameters of the air gap are set in the model and the
results are shown in Figure 11.
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Figure 11. Magnetic force in different air gap.

It can be obviously observed that smaller air gap leads to bigger peak value and faster change
of the magnetic force. The magnetic forces are almost accordant at the beginning and the ending of
the time. However, the force in 10 mm rises up earlier than that in 11 mm. Higher maximum value in
10 mm gives rise to larger slope of the magnetic force curve.

Figure 12 presents the static characteristics of the magnetic force in different current. It indicates
that the magnetic force is almost unchanged with the displacement at the same current. Slight skewing
is confined within 0.5 N. Because the magnetic force is generated by the electric current and has
no connection with the displacement, slight skewing increases with the growing current. However,
the motion of the armature will have a small influence on the magnetic field which could result in the
slight change of the magnetic force during the spool movement.

Figure 12. The static characteristics of the magnetic force as a function displacement for different
electric current.
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The static viscous force appears when the spool has the tendency of motion. And the dynamic
force derives from the relative movement between the spool and the sleeve when the fluid flows
through. Although small, the viscous force cannot be neglected because the force balance which
determines the pressure response characteristics will change with it. Figure 13 illustrates the effect of
the viscous force on the control pressure.
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Figure 13. Control pressure in the valve.

The control pressure almost equals to 0 before 0.37 s when considering the viscous force,
which means that the viscous force hinders the rise of the control pressure.

Different clearance height is considered in the model and the results are shown in Figures 14–16.
The static viscous force grows with the increase of the clearance height. The static viscous force in
10 μm is 0.32 N while the viscous force in 30 μm is 0.94 N which indicates the viscous force will increase
when the size of the clearance is increased. Meanwhile the dynamic viscous force will rapidly increase
or decline when there is sudden change in the spool velocity. However, the greater the spool velocity
changes, the smaller the dynamic viscous force varies because fast spool velocity thins the oil film.
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Figure 16. Magnetic force for different clearance.

One noticeable observation is that the magnetic force response becomes slower with the increase
of the clearance. On the contrary, the height of the clearance contributes to the maximum value of the
magnetic force. The same is true for the pressure response and the maximum pressure. Comparing the
magnetic force with the pressure response in the same clearance, it can be found that both of them have
the same variation tendency. Hence, the magnetic force has a direct influence on the control pressure.

Figures 15 and 17 show the relation between the feedback force and the control pressure.
The feedback force and its growth rate rise with the growing clearance height which indicates that the
initial velocity and opening area of the valve are augmented due to the variation of the equilibrium
point of the resultant force. What is more, the spool displacement rises which can also lead to larger
valve opening area. Therefore, the clearance height is a key factor that influences on the control
pressure, because the control pressure is in direct proportion to the valve opening area.
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Figure 17. (a) Forces on the valve and the spool displacement in 10 μm (b) Forces on the valve and the
spool displacement in 20 μm (c) Forces on the valve and the spool displacement in 30 μm.

Figure 17 shows that the growth rate of the magnetic force increases with the clearance height
while that of the viscous force and that of the spring force remain unchanged before the spool starts
to move. As the magnetic force is much larger than the other two forces, the positive acceleration of
the valve with higher clearance is larger than that with smaller one (Figure 18), which would induce
longer displacement of the spool (Figure 19). During spool motion, the control pressure grows with
the valve opening area, leading to the increasing pressure in the feedback chamber connected with
the control port combining Figures 15 and 19. Hence, the feedback force and its growth rate both rise
with the growing clearance height (Figure 17). Since the feedback force hinders the spool movement,
the negative acceleration goes up with the increasing clearance height. According to Newton’s second
law, the value of the spool acceleration could be quite high because the spool is only 7.39 g.
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Figure 18. Spool acceleration for different clearance.
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Figure 19. Spool displacement for different clearance.

The force of inertia mainly influences the stability and the responsiveness of the valve during
spool movement. If the force of inertia is too small, the spool will be very sensitive to the change
of the resultant force, resulting in frequent changes of the spool motion state. The force of inertia
helps the spool maintain a relatively stable movement trend and prevent vibration when the dynamic
forces acting on the spool are constantly changing. In the hydraulic control circuit of an automatic
transmission, the vibration of the spool can easily give rise of the pressure fluctuation which greatly
reduces the shifting quality. In addition, it is hard for the hydraulic control circuit to converge because
of the superposition of spool vibration.

On the contrast, if the force of inertia is too large, the motion response of the valve will be delayed
because the spool is insensitive to the change of the resultant force. The delayed motion response
will result in both delayed control response and the increase of the overshoot in the hydraulic circuit.
Therefore, the force of inertia is of great importance because it directly affects the control quality on the
spool motion state.

Thus, the maximum control pressure is enhanced when the displacement increased.
The maximum control pressure will increase from 1.2 MPa to 1.5 MPa if the displacement grows
from 0.9 mm to 1.1 mm. It could be easily deduced from the analysis that the magnetic force plays a
main role in all the forces which could influence the control pressure of the valve.

The starting time of the control pressure delays 0.1 s in the 30 μm comparing to that in the 10 μm as
shown in Figure 15. As the movement of the valve starts only if the force balance is reached, the valve
with small clearance height starts earlier than that with bigger one. The time that all forces reach to
a balance is when the control pressure appears because the control port has been opened due to the
displacement of the spool. Therefore, both the leakage and the pressure response should be taken into
consideration when designing the clearance.

4.3. Analysis of Leakage Flow

Leakage is one of the inevitable problems for the automatic transmission which would give rise to
pressure loss, waste of ATF, fluid insufficient, etc. The leakage flow has an important influence on the
direct operating solenoid valve. Firstly, the leakage flow will directly affect the response characteristics
of the solenoid valves, including pressure response and output flow. If the leakage flow is too large,
the actual output flow will be less than the control flow which can’t meet the requirement of both the
flow and the pressure. At this point, the oil filling time of the clutch will be extended which leads
to the delay of the pressure response time. As a result, the shifting time will be prolonged and the
shifting quality will be reduced. Secondly, large leakage in the solenoid valve will reduce the efficiency
of the automatic transmission. Thereby, it affects the fuel consumption of the vehicle.

Although a small leakage has been achieved in the direct operating solenoid valve, it cannot
be completely avoided. The leakage in the direct operating solenoid valve is mainly caused by
the clearance between the spool and the sleeve. The clearance height which is the most important
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parameter affecting the leakage flow in the solenoid design is usually between 20 μm–40 μm. A good
clearance design is actually accurate design of the machining tolerance and the assembly tolerance of
both the valve spool and the sleeve. Small clearance height will raise the requirements of the processing
technique and the assembly technique, so it will significantly increase the cost. Meanwhile, it is averse
to the quality control because high processing requirements will increase the product reject ratio which
brings down the production efficiency.

It is hard for small clearance to keep the oil slick between the spool and the sleeve. Once the
oil slick is broken during relative motion, the surface of the components is easily scratched because
of dry friction. In addition, small clearance would frequently result in clamping stagnation. Thus,
the solenoid valve falls into control failure. Although big clearance could not only decrease the cost
but cut down the risk of clamping stagnation, the unavoidable large leakage will greatly reduce energy
efficiency and bring about poor pressure response.

Since the clearance height between the spool and the sleeve has a direct effect on the performance
of the direct operating solenoid valve. It is necessary to balance the energy efficiency, manufacturing
technique and quality control. In order to analyze the effect of the clearance, the leakage from different
height of clearance is depicted in Figure 20.
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Figure 20. Leakage flow characteristics in the direct operating solenoid valve for different clearance.

Figure 20 describes that the maximum leakage in 30 μm is 0.06 L/min and the leakage reduces
rapidly with the decrease of the clearance. It is observed that the solenoid valve with smaller clearance
height has not only less leakage but faster pressure response when considering both Figures 15 and 20.
The leakage flow is of same variation trend with the control pressure at the same clearance height.
To make a further study, the clearance between the spool and the sleeve could be considered as an
orifice when controlling the other variables constant. The pressure difference between the control port
and the exhaust port will increase with the growing control pressure, and vice versa. According to
Equation (18),

Qori f ice = Cdπr2
ori f ice

√
2
ρ
|Δp| (25)

where Qori f ice is the flow through the orifice, rori f ice is the radius of the orifice, Δp is the pressure
difference at both ends of the orifice.

Hence, the flow is in proportion to the pressure difference at both ends of the orifice. As a result,
the leakage flow changes with the control pressure.
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In our initial 8AT product, the leakage in the conventional clutch control unit consisting of
two solenoid valves and one mechanical valve is usually 0.15 L/min which can be reduced by 60% if
the control unit is replaced by a direct operating solenoid valve.

5. Conclusions

This paper proposed a new numerical approach solving the multi-domain physical problem
of the direct operating solenoid valve. A precise model of the valve was developed to investigate
the performance of the direct operating solenoid valve. The accuracy of the simulation results was
verified by the experimental data in the test rig. Effect of various forces, including the magnetic force,
the spring force, the viscous force, the feedback force on the pressure response of the direct operating
solenoid valve were investigated. Furthermore, the influences on the dynamic characteristics of the
valve were analyzed based on the model. The leakage flow in different clearance has been compared.
As a consequence, the conclusions can be drawn:

(1) The simulation results of this study agreed with the experimental results. Thus, the mathematical
model developed in this study was effective and accurate.

(2) Both the magnetic force and the viscous force had significantly influence on the pressure response.
The pressure response time would be shortened if the magnetic force responded faster or the
viscous force was reduced.

(3) To improve the response time of the solenoid valve, the clearance height should be reduced.
The resultant force on the spool in 10 μm would reach the equilibrium point 0.1 s earlier than that
in 30 μm.

(4) The clearance height was proved to have great influence on the leakage of the solenoid valve.
The leakage increases with the growing clearance height, which showed the leakage in 30 μm
was triple the amount of that in 20 μm.

(5) The leakage of the shifting control system employing the direct acting solenoid valve can be
reduced by 60% compared to the conventional two-stage pilot valve in our previous product.

This paper could benefit the researchers dealing with the direct operating solenoid valve
design for pressure smooth control and energy conservation in the shifting control system of an
automatic transmission.
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Featured Application: This paper presents a theoretical approach for lowering the outlet flow

ripple of a crescent pump by applying a tandem crescent pump consisting of two gear pairs with

an index angle between them.

Abstract: This paper presents a theoretical approach for lowering the outlet flow ripple of a crescent
pump by applying a tandem crescent pump consisting of two gear pairs with an index angle between
them. The outlet flow of the tandem pump is obtained by summing the flow produced by the two
gear pairs, and the flow ripple of the tandem pump can be attenuated by properly selecting the
design parameters in terms of the index angle and the displacement ratio between the two gear
pairs. A lumped parameter model is presented for evaluating the crescent pump’s flow ripples,
and experiments were performed on a single crescent pump to validate the model from the aspects of
the steady-state flow-pressure characteristics and the outlet pressure ripples. In this way, the main
causes of the flow ripple could be identified by comparing the kinematic flow with the actual flow
evaluated by the model. Additionally, simulation results suggested that a tandem pump with an index
angle of 13.85◦ and displacement ratio of 0.5 could lead to a more than 45% decrease in the outlet
flow ripple than a single pump with the same displacement in a wide range of operating conditions.

Keywords: crescent pumps; tandem crescent pumps; flow ripple; index angle

1. Introduction

Crescent pumps are widely used in many fluid power applications such as injection molding
machines, automotive applications, and robotic systems due to their advantages in terms of
compactness, low flow ripple, and low noise level [1–3]. Today, with the increase in demand for
injection quality and control accuracy, it is hoped that the flow ripple of the crescent pump can be
reduced [4]. This paper focused on a theoretical approach for lowering the flow ripple by applying
a tandem crescent pump comprised of two sets of gear pairs with an index angle between them.

Figure 1 depicts a schematic of the tandem crescent pump with two sets of indexed gear pairs.
As suggested by the name, the tandem pump is composed of two gear pairs, namely the front gear
pair and the back gear pair, and each gear pair can fulfill the function of fluid delivery via meshing
as typical crescent pumps. Figure 1 also illustrates the basic working principle of the crescent pump
(displacement pump): sealing chambers are formed by the floating plates, the crescent fillers, and the
gear pair (the gear shaft and the ring gear), and by meshing the gears, fluid is sucked into the
suction chamber due to the increase of the suction chamber’s volume, delivered to the discharge
chamber, and then discharged from the discharge chamber due to the decrease of the discharge
chamber’s volume.

As shown in Figure 1, the back gear shaft is connected to the front gear shaft via a spline coupling,
which enables the same angular velocity and an index angle between the two gear shafts (view A-A
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and B-B). It should be noted that the flowrate by the two gear pairs can be varied by setting different
widths of the gear pairs (parameter ‘b’), and a design parameter, namely, the displacement ratio is
introduced, which is defined as the ratio of the displacement by the back gear pair to that by the front
gear pair. By sharing the same inlet and outlet, the outlet flow of the tandem pump is obtained by
superposing the flow produced by the two gear pairs, and it is expected that the outlet flow ripple of
the tandem pump can be attenuated by properly selecting the index angle and the displacement ratio.

(a)

 
(b)

Figure 1. (a) A schematic of the tandem crescent pump design; and (b) a schematic of the two sets of
gear pairs with an index angle (view A-A and B-B).

Usually, the internal gear pumps (IGPs) are classified into two types based on the existence
of the crescent fillers: the gerotor pumps without fillers and the crescent pumps with fillers,
and the flow characteristics has represented a main focus in previous studies. After a thorough
review of the literature, it was found that most publications concerning IGPs were related to
gerotor pumps, with only a small number focused on crescent pumps. With respect to the gerotor
pumps, Mimmi et al. [5,6] addressed the theoretical flow characteristics from a kinematic aspect
(based on the theory of gearing), focusing on the influence of the gears’ geometric parameters.
Gamez-Montero et al. [7,8] investigated the flow ripple characteristics via a mathematical model
by means of the bond graph technique, and experimentally validated the model by measuring the
instantaneous flow using the ‘secondary source’ method. Additionally, the same research group in
Reference [9] further studied the flow ripple via a 3D computational fluid dynamics (CFD) model by
means of ANSYS Fluent, allowing the analysis of the influence of the interteeth clearance and teeth
contact for a better estimation of the instantaneous flow. Hsieh [10,11] built a CFD model for the
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gerotor pump using Pumplinks, presenting a novel geometrical design that enabled variable clearance
between the inner and outer rotors for the purpose of lowering the flow ripples. Manco et al. [12] and
Schweiger et al. [13] studied the flow ripple and the pressure ripple via a lumped parameter model by
means of LMS Amesim, experimentally validating the model by measuring the steady-state flowrate
and the outlet pressure ripples. In the work of Manco et al. [12], they suggested that a bi-rotor pump
with indexed rotors had the potential to attenuate the flow ripple. Pellegri et al. [14,15] conducted
a comparison between the lumped parameter and the CFD approach for a unique insight into the
pump’s performance (volumetric efficiency, flow and pressure ripples, etc.), with a specific focus on
the rotors’ radial micro-motions.

With respect to the crescent pumps, Ichikawa [16] addressed the mathematical expressions
for the ideal delivery from a kinematic aspect, focusing on the variations of the trapped volume.
Zhou et al. [17] studied the theoretical flow characteristics based on the theory of gearing, and presented
a set of conjugated involute gears that enabled better fluid delivery capacity. Additionally, the same
research group in Reference [18] extended the study to the trapped volume performances via
a discretization approach, with a specific focus on the gears’ geometric parameters. Rundo [19]
investigated the theoretical flowrate of the crescent pumps with respect to different combinations of
the gear pair’s tooth numbers (the gear shaft and the ring gear), suggesting that the increase of the
gear shaft’s tooth number helped attenuate the flow ripple. Moreover, the same research group in
Reference [20] extended their research to cover the internal leakage and the outlet pressure ripple
via a lumped parameter model built in LMS Amesim, validating the model through a comparison
to experimental results on the steady-state flowrate and the outlet pressure ripples. Hence, it can be
seen that few attempts have been made to study the flow ripple with respect to the tandem crescent
pump design.

Concerning the tandem pump design, it has been previously applied in other hydraulic pumps,
particularly in axial piston pumps and in external gear pumps. Manring et al. [21,22] addressed the
theoretical torque ripple and flow ripple of a tandem axial piston pump with two identical rotating
groups under different index angles from a kinematic aspect, suggesting that an index angle of 10◦

resulted in the greatest reduction of the flow ripple (roughly 75%) with respect to a nine-piston rotating
group. Xu et al. [23] studied the tandem piston pump’s flow ripple via a lumped parameter model
using LMS Amesim, suggesting that an index angle of 20◦ resulted in the greatest reduction of the flow
ripple. In Xu et al.’s work, they suggest that the reason for the difference in index angle from that in
Manring et al.’s work was due to the flow through the triangular grooves on the valve plate, which has
been shown to have a great influence on the flow ripple (which was not considered in the work of
Manring et al.). Battarra et al. [24] presented a tandem external gear pump comprised of a set of spur
gears and a set of helical gears, sharing the same driving and driven shafts. However, the presented
tandem external gear pump did not share the same outlet, thus the flow produced by the two gear pairs
was delivered to two different hydraulic systems, which is different to the aforementioned tandem
axial piston pump and the tandem crescent pump presented in this work.

Hence, few published works can be found on tandem crescent pump design. This paper focused
on the flow ripple of the tandem crescent pump via a lumped parameter model built in Matlab. It was
expected that the tandem crescent pump could lead to a decrease in the flow ripple through the
proper selection of the design parameters in terms of the index angle and the displacement ratio.
The rest of the paper is organized as follows: the simulation model is proposed in Section 2 focusing
on the evaluations of the flow and pressure in the sealing chambers around the gear circumference;
the validation of the model is conducted in Section 3 from the aspects of the steady-state flowrate
and the outlet pressure ripples; the numerical results are presented in Section 4 regarding the pump’s
outlet flow and the related flow ripples; and discussions and conclusions are made in Section 5 based
on the numerical results.
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2. Simulation Model

Figure 2 depicts the sealing chambers around the gear circumference divided by the meshing
gears and the crescent fillers: the suction chamber, the transitional chamber, the discharge chamber and
the trapped chamber (if it exists), where the suction chamber is formed by the gear profiles between the
meshing point C2 and the intersections A1 and A2; the transitional chamber denotes the tooth space
(TS) located in the transitional stage from the suction chamber to the discharge chamber; the discharge
chamber is formed by the gear profiles between the meshing point C1 and the intersections B1 and
B2; and the trapped chamber is formed by the gear profiles between the two meshing points C1 and
C2. Flow exchange was observed between the adjacent sealing chambers via the clearances and the
grooves machined on the floating plate, namely the triangular grooves and the relief grooves, due to
the pressure difference, as shown in Figure 3. To account for the flow characteristics, an evaluation of
the pressure evolution around the gear circumference, where the pressure in suction chamber can be
treated as the inlet pressure (atmospheric pressure) was needed; the pressure with respect to time in
the other three chambers can be evaluated by applying the mass conservation equation.

dp
dt

=
β

V

(
∑ qin − ∑ qout − dV

dt

)
(1)

In Equation (1), β denotes the bulk modulus of the fluid. It should be noted that in this work,
the oil temperature was set as a constant value (40 ◦C); hence the oil bulk modulus β was dependent
on the pressure, as addressed by Xu et al. [25]. Regarding the other terms, V denotes the chamber’s
volume; qin and qout denote the flow into and out of the chamber, respectively; and dV/dt denotes the
time derivative of the chamber’s volume.

By applying Equation (1) to each chamber, the pressure can be estimated after evaluations of
the terms in the right hand side of Equation (1), and the related flow characteristics can be obtained.
Details are described in the following sub-sections on the evaluations of the related terms and their
implementation in Matlab.

 

Figure 2. Definition of the sealing chambers around the gear circumference.
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Figure 3. The triangular grooves and the relief grooves machined on the floating plate.

2.1. The Discharge Chamber

Figure 4 depicts a simple hydraulic system for the estimation of the crescent pump’s flow-pressure
characteristics, which is comprised of a throttle valve utilized as the pump’s load, and a delivery
line with a constant diameter utilized as the connection between the pump’s outlet and the throttle
valve. As observed, the pressure in the discharge chamber corresponds to the pump’s outlet pressure.
Regarding Equation (1), the term V denotes the volume of the discharge chamber and the delivery line,
the term qin denotes the flow into the discharge chamber from the trapped chamber (qtrap in Figure 2)
via the relief groove on the floating plate that connects the discharge chamber and the trapped chamber
(Figure 3). In this scenario, the term qin yields

qin = qtrap = Cd Arel

√
2
∣∣ptrap − p

∣∣/ρ · sign(ptrap − p) (2)

where qtrap is the trapped flow; Arel is the flow area of the relief groove; ptrap is the trapped pressure;
ρ is the oil density dependent on the pressure (the oil temperature was set as a constant and not
taken into account in this work), as addressed by Ivantysyn et al. [26]; Cd is the discharge coefficient
dependent on the flow velocity and is difficult to be determined. In this work, the value of Cd was set
as 0.7 according to the study by Ma et al. [27].

 

Figure 4. A hydraulic system for estimating the crescent pump’s flow-pressure characteristics.

Regarding the term qout, it denotes the flow out of the discharge chamber, which consists of
three terms: the valve flow through the throttle valve in the hydraulic system (qout,1 in Figure 4),
the triangular flow into the transitional chamber through the triangular grooves on the floating plate
(Figure 3), and the internal leakage of the pump. The first part can be given as

qout,1 = qval = Cd Aval
√

2p/ρ (3)

where qval is the flow through the throttle valve; and Aval is the flow area of the throttle valve.
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As Figure 3 shows, two triangular grooves are machined on the floating plate, therefore,
the triangular flow is further split into two terms accordingly: the flow (qtri,s) into the gear shaft’s tooth
space (TS) and the flow (qtri,r) into the ring gear’s TS. The term qtri,r is depicted in Figure 2, and can be
given as

qtri,r = Cd Atri

√
2(pi+1 − pi)/ρ (4)

where Atri is the flow area of the triangular groove; and pi + 1 and pi are the fluid pressures in the
adjacent tooth spaces.

Noting that the term qtri,s can be evaluated in the same way as Equation (4), the triangular
flow yields

qout,2 = qtri = qtri,s + qtri,r (5)

With respect to the internal leakage of the pump, it can be split into three terms according to different
types of clearances inside the pump: the lateral leakage through the lateral clearances between the
gears’ lateral sides and the floating plates, the radial leakage through the radial clearances between the
gears’ tooth tips and the fillers, and the ring-gear/case leakage through the clearance between the ring
gear and the case.

Figure 5 depicts the lateral leakage that goes through the gear shaft’s lateral side (ql,s) and the ring
gear’s lateral side (ql,r), thus the lateral leakage is further split into two terms accordingly. As observed,
due to the complexity of the gears’ profiles, the lateral leakage is evaluated utilizing the annular areas
bounded by the gears’ pitch circles and the floating plate’s borders. Using these quantities, the lateral
leakage through the ring gear’s side (ql,r) yields

ql,r =
ψd,r · δ3

l

12μ
· (p − pin)

ln
(

rfp2/rp2

) (6)

where ψd,r is the central angle of the discharge chamber; δl is the lateral clearance between the gears’
lateral sides and the floating plates; pin is the inlet pressure; and μ denotes the dynamic viscosity of oil
dependent on the pressure (the oil temperature was set as a constant and not taken into account in this
work), as addressed by Ivantysyn et al. [26].

 

Figure 5. Lateral leakage that goes through the gear shaft’s side and the ring gear’s side.
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Noting that the term ql,s can be evaluated in the same way as Equation (6) and there exist two
lateral sides of the gears, the lateral leakage yields

ql = 2 · (ql,s + ql,r) (7)

Concerning the radial leakage, it can also be split into two terms like the lateral leakage: the flow
through the gear shaft’s tooth tip (qr,s), and the flow through the ring gear’s tooth tip (qr,r). The term
qr,r is depicted in Figure 2, and can be given as

qr,r =
bδ3

r (pi+1 − pi)

12μ · lr
− bδrωrra2

2
(8)

where b is the width of the gear; δr is the radial clearance between the gears’ tooth tips and the fillers;
lr is the length of the tooth tip; ωr is the angular velocity of the ring gear; and ra2 is the addendum
radius of the ring gear.

Noting that the term qr,s can be evaluated in the same way as Equation (8), the radial leakage yields

qr = qr,s + qr,r (9)

Figure 6a depicts the cross section of the case for the analysis of the ring-gear/case leakage. It can
be seen that rectangular sealing areas formed in the ring-gear/case interface surrounding the high
pressure outlets. Moreover, fluid film formed in the sealing areas for the purpose of sealing, bearing and
lubricating, and there was leakage flow in the film due to the pressure difference between the outlets
and the borders of the sealing areas. Noting the small ratio between the film height (micrometer level)
and the other two dimensions (millimeter level), the sealing area was unwrapped on a plane, as shown
in Figure 6b, and was treated as a rectangular hydrostatic bearing. In this scenario, the ring-gear/case
leakage (qrc) through the rectangular sealing area can be evaluated with Equation (10) according to the
study by Hamrock et al. [28].

qrc = 2 ·
(

L
6μbB

+
B

12μbL1
+

B
12μbL2

)
· δ3 · pout (10)

where bB, bL1, bL2, B and L are the geometric parameters of the sealing area depicted in Figure 6b; and δ

is the radial clearance between the ring gear and the case.

(a) 

Figure 6. Cont.
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(b) 

Figure 6. (a) Cross section of the case depicting the rectangular sealing areas surrounding the outlets;
and (b) the rectangular sealing area unwrapped on a plane.

Hence, the internal leakage of the pump yields by summing all the leakages is

qout,3 = qleak = ql + qr + qrc (11)

and the term qout in Equation (1) yields

qout = qout,1 + qout,2 + qout,3 (12)

Regarding the term dV/dt, it denotes the time derivative of the discharge chamber’s volume,
which can be interpreted as the kinematic flow of the crescent pump derived from the kinematic
relations according to the work by Zhou et al. [17].

− dV
dt

=
dVkin

dt
= Qkin =

bω

2

[(
r2

a1 − r2
f1

)
− z1

z2

(
r2

a2 − r2
f2

)]
(13)

where Vkin is the volume of the discharged fluid when the pump operates for a period of time t from
the kinematic aspect; Qkin is the kinematic outlet flow; ω is the angular velocity of the gear shaft;
ra1 and ra2 are the addendum radii of the gear shaft and the ring gear, respectively; rf1 and rf2 are the
distances between the contact point and the centers of the gear shaft and the ring gear, respectively;
and z1 and z2 are the tooth numbers of the gear shaft and the ring gear, respectively.

2.2. The Trapped Chamber

According to the theory of gearing, one or two meshing points are formed during the meshing
process. Under the circumstance of two meshing points, a trapped chamber is formed by the gears’
profiles between the two meshing points, as shown in Figure 2. Regarding the terms in Equation (1),
the term V denotes the trapped chamber’s volume, which is characterized first by a decrease,
then followed by an increase; the term dV/dt denotes the variations of the trapped chamber’s volume,
which can be evaluated as

dVtrap

dt
=

(
dVkin

dt

)
C2

−
(

dVkin
dt

)
C1

(14)

As shown in Figures 2 and 3, relief grooves are machined on the floating plate to connect the
trapped chamber to the discharge chamber during the volume decreasing stage, and to the suction
chamber during the volume increasing stage. Hence, the terms qin and qout are contributed by two
types of flow: the flow through the relief grooves, which can be evaluated by Equation (2) (p = pout

when connected to the discharge chamber, p = pin when connected to the suction chamber); and the
lateral leakage, which can be evaluated by Equations (6) and (7).

2.3. The Transitional Chamber

As stated above, the transitional chamber denotes the gears’ TS located in the transitional stage,
which can be divided into two categories: the gear shaft’s TS and the ring gear’s TS. As shown in
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Figures 2 and 3, triangular grooves are machined on the floating plate to connect the transitional
chamber to the discharge chamber, which enables flow into the transitional chamber due to the pressure
difference between the discharge chamber and the transitional chamber for the purpose of increasing
the fluid pressure in the transitional chamber from the inlet pressure to the outlet pressure smoothly.
Hence, regarding the terms in Equation (1), the term V denotes the volume of the TS, the term dV/dt
yields zero since the volume of the TS does not vary during the transitional stage, and the terms qin

and qout are contributed by three types of flow: the flow through the triangular grooves, which can be
evaluated by Equation (4); the lateral leakage, which can be evaluated by Equation (6); and the radial
leakage, which can be evaluated by Equation (8).

2.4. Simulation Procedure

Figure 7 depicts the solution algorithm for the analysis of the tandem crescent pump’s flow
characteristics implemented in Matlab. It starts with the input parameters of the pump’s geometric
parameters and the initial values including the initial pressures in the sealing chambers and the initial
oil properties, as shown in box 1. Concerning the tandem pump design, it was comprised of two sets of
gear pairs characterized by two design parameters, namely the index angle (γ) and the displacement
ratio (ζ), as shown in boxes 2 and 3 (in the blue dashed box).

 

Figure 7. Solution algorithm for analyzing the tandem crescent pump’s flow characteristics.

The key part of the algorithm is represented by the evaluation of the outlet flow of one gear pair
depicted in the red dashed box. With respect to a certain time step (the ith time step), the geometric
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features and the oil properties that vary over time need to be updated first, as shown in box 4: the key
points (points A, B, C in Figure 2) for dividing the sealing chambers, the trapped chamber’s volume and
its time derivative for the evaluation of the trapped pressure, the flow areas of the relief grooves and
the triangular grooves on the floating plate for the evaluations of the trapped flow and the triangular
flow, respectively, and the oil properties (ρ, β, μ), which are dependent on the pressure (boxes 4.1
to 4.4).

Under the circumstance of two meshing points (C1 and C2 in Figure 2, the trapped chamber
exists), noting that the lateral leakage of the trapped chamber can be evaluated by Equations (6) and (7)
(with different central angles), the trapped pressure in the next time step (the (i + 1)th time step) can be
evaluated by applying the mass conservation equation written as Equation (15), as shown in box 5.

p(i+1)
trap =

β
(i)
trap

V(i)
trap

(
−∑ q(i)trap − ∑ q(i)leak,trap −

(
dVtrap

dt

)(i)
)
· Δt + p(i)trap (15)

where Δt is the time interval between time steps.
The pressure in the transitional chamber in the (i + 1)th time step can be evaluated by Equation (16),

the same way as that in the trapped chamber, noting that the term dV/dt yields zero and the leakage
of the transitional chamber consists of two parts, namely the lateral leakage and the radial leakage,
as shown in box 6.

p(i+1)
tran =

β
(i)
tran

VTS

(
∑ q(i)tri − ∑ q(i)leak,tran

)
· Δt + p(i)tran (16)

where VTS is the volume of the tooth space; and ptran is the transitional pressure.
As stated above, the internal leakage of the pump consists of three parts: the lateral leakage and

the radial leakage of the discharge chamber, and the ring-gear/case leakage, which can be evaluated
by Equations (6) to (10) by leveraging the updated points B and C and the ith outlet pressure as shown
in box 7. Noting that the time derivative of the discharge chamber’s volume is interpreted as the
kinematic flow in Equation (13) (as shown in box 8), the outlet flow of one gear pair yields (box 9)

Q(i)
out,x = Q(i)

kin + q(i)trap − q(i)tri − q(i)leak (17)

Hence, the outlet flow of the tandem pump yields by summing the flow produced by the two
gear pairs (box 10).

Q(i)
out = Q(i)

out,1 + Q(i)
out,2(γ, ζ) (18)

Noting that the valve flow can be evaluated by Equation (3), the outlet pressure (pressure in the
discharge chamber) in the (i + 1)th time step can be evaluated by Equation (19) as shown in box 12.

p(i+1)
out =

β
(i)
d

V(i)
d

(
Q(i)

out − Q(i)
val

)
· Δt + p(i)out (19)

where Vd is the volume of the discharge chamber and the delivery line.
Hence, it can be seen that in the ith time step, the ith flow characteristics and the (i + 1)th pressures

in the sealing chambers are evaluated; then in the (i + 1)th time step, the (i + 1)th pressures are used to
evaluate the (i + 1)th flow characteristics and the (i + 2)th pressures until the end of a meshing period
(boxes 13 and 14, loop1). At the end of the meshing period, the flow characteristics, in terms of the
outlet flow, the triangular flow, the trapped flow, and the internal leakage, serve as the criteria to judge
the convergence of the simulation, which is characterized by the fact that the flow characteristics do
not differ from one meshing period to another defined by Equation (20); the simulation stops after the
convergence of the simulation (boxes 15 and 16, loop2).
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∑|qnew − qold|/∑|qnew| ≤ qerr (20)

In Equation (20), qnew denotes the flow in the present meshing period; qold denotes the flow in the
previous meshing period; and qerr denotes the error between the flow in the two successive meshing
periods (converged to 10−8).

It is worthwhile to note that the time interval between time steps (Δt) was to the order of 10−8 s
and the consuming time of the simulation process was roughly seven minutes with an Intel® Xeon®

CPU E3-1230 v3 and 16.0 GB RAM.

3. Experimental Validation

Figure 8 depicts the test rig for the experimental campaign on a 40 cc/rev single crescent pump.
It is worth noting that the layout of the test rig was in accordance with the hydraulic circuit displayed
in Figure 4. As observed, the crescent pump was driven by a servo motor (0–2000 rpm), and its outlet
pressure was built up by a throttle valve. The working medium of the pump was L-HM 46 mineral
oil, and the oil temperature was maintained within (40 ± 3) ◦C, consistent with the oil temperature
in the simulation model. The test rig enabled measurements of the steady-state outlet flowrate via
a gear type flowmeter and the outlet pressure ripples via a high frequency pressure sensor. Table 1
provides the main features of the flowmeter and the pressure sensor which have been calibrated before
experiments, and Table 2 provides the main geometric parameters of the crescent pump.

 

Figure 8. Test rig for measuring the single crescent pump’s steady-state flowrate and outlet
pressure ripples.

Table 1. Main features of the flowmeter and the pressure sensor.

Sensor Type Main Feature

Flowmeter Kracht®, Germany, VC5F1PV scale: 1–250 L/min, 0.3% accuracy (from measured value)

Pressure sensor Shuangqiao®, China, CYG1401F
scale: 0–35 MPa, 0.5% FS accuracy, 0.5% nonlinearity,

100 KHz natural frequency

Table 2. Main geometric parameters of the crescent pump.

Parameter Notation Value Unit

Module of the gear m 3 mm
Tooth numbers of the gear shaft and the ring gear z1, z2 13, 19 –

Pressure angle of the gear α0 22 ◦

Operating pressure angle of the gear pair α 24.87 ◦
Width of the gear b 55 mm

Addendum and pitch radii of the gear shaft ra1, rp1 23.43, 19.5 mm
Addendum and pitch radii of the ring gear ra2, rp2 26.95, 28.5 mm

Radii of inner and outer borders of the floating plate rfp1, rfp2 15.5, 38.25 mm
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Figure 9 depicts the comparison between the simulated and experimental results concerning
the steady-state flow characteristics with respect to different operating conditions (500–2000 rpm,
5–20 MPa). As observed, there existed a linear relationship between the flowrate and the operating
speed, and the outlet flowrate yielded roughly 40 L/min at 1000 rpm, in accordance with the pump’s
displacement (40 cc/rev). Furthermore, it was also observed that the outlet flowrate and the volumetric
efficiency yielded a decrease as the outlet pressure increased (at a certain speed), which was expected
since higher outlet pressure leads to greater internal leakage. A clear example can be given by the case
of working at 500 rpm, where the volumetric efficiency drops from 0.98 at 5 MPa to 0.92 at 20 MPa.
Moreover, it can be seen that a good agreement was found between the simulated and experimental
results regarding the flowrate and the volumetric efficiency, noting that the accuracy of the flowmeter
was within 0.3% (from measured value).

 
(a) 

 
(b) 

Figure 9. Steady-state flow characteristics regarding different operating speeds (500–2000 rpm) and
outlet pressures (5–20 MPa): (a) outlet flowrate; and (b) volumetric efficiency.

Figure 10 depicts the comparison between the simulated and experimental results on the outlet
pressure ripples for one shaft revolution with respect to different operating conditions (500 rpm,
5 MPa; 500 rpm, 20 MPa; 2000 rpm, 20 MPa). As observed, 13 outlet pressure ripples existed in a shaft
revolution, which is believed to be due to the tooth number of the gear shaft (driving gear) which
was 13. Apart from that, it was visible that the pressure ripples yielded greater amplitudes under the
circumstance of low operating speed and high outlet pressure (500 rpm, 20 MPa). Moreover, it can
be seen that that a good agreement was found between the simulated outlet pressure ripples and the
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experimental results regarding different operating conditions, noting that the accuracy of the pressure
sensor was within 0.5% (full scale) and the nonlinearity of the pressure sensor was within 0.5%.

Figure 11 depicts the comparison of the frequency spectra of the simulated and experimental
outlet pressure ripples at 500 rpm, 20 MPa. As observed, the primary frequency concerning the
simulated results yielded 108.33 Hz with an amplitude of 0.253 MPa, and the primary frequency
concerning the experimental results yielded 108.33 Hz with an amplitude of 0.250 MPa, suggesting
a good match of the frequency spectra. Aside from that, the primary frequency of the simulated and
experimental results was in accordance with the analytical value given by Equation (21).

f =
z1 · n

60
=

13 × 500
60

= 108.33 Hz (21)

Judging from the analysis above, a good match was found between the simulated and
experimental results regarding the steady-state outlet flowrate and the outlet pressure ripples,
therefore justifying the capability of the proposed model regarding the analysis of the pump’s outlet
flow characteristics.

 
(a) 

 
(b) 

Figure 10. Cont.
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(c) 

Figure 10. Comparison of outlet pressure ripples regarding different operating conditions: (a) 500 rpm,
5 MPa; (b) 500 rpm, 20 MPa; and (c) 2000 rpm, 20 MPa.

 

Figure 11. Frequency spectra of simulated and experimental outlet pressure ripples at 500 rpm, 20 MPa.

4. Numerical Results

In this section, the numerical results from the simulation model will be presented in terms of the
outlet flow of the tandem crescent pump, and the related flow ripples with respect to different design
parameters and operating conditions.

4.1. Outlet Flow of the Crescent Pump

Figure 12 depicts the three types of outlet flow from one gear pair under 2000 rpm and 20 MPa:
the kinematic outlet flow (Qkin) defined by Equation (13), the with-trapped outlet flow (Qwt) by
taking the trapped flow into consideration defined by Equation (22), and the actual outlet flow (Qout)
evaluated by the proposed model defined by Equation (23).

Qwt = Qkin + qtrap (22)

Qout = Qkin + qtrap − qleak − qtri (23)

Referring to Figure 12, it can be seen that the three types of flow were subject to ripples with the
period of approximately 27.7◦, which was expected since the tooth number of the gear shaft (driving
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gear) was 13, as shown in Equation (24). The kinematic outlet flow (Qkin) yielded between 74.88 and
80.14 L/min; the with-trapped outlet flow (Qwt) yielded between 78 and 80.14 L/min; and the actual
outlet flow (Qout) yielded between 75.25 and 78.33 L/min.

λ = 360◦/z1 = 27.7◦ (24)

 

Figure 12. Three types of outlet flow from one gear pair under 2000 rpm and 20 MPa.

Figure 13 depicts the outlet flow from two gear pairs with an index angle (γ) under 2000 rpm and
20 MPa (ζ = 1). It can be seen that within a period, the flow from one gear pair was characterized by
an ascending stage followed by a descending stage, and one could observe a peak value and a valley
value. The flow from the two gear pairs were in the same shape since the displacement was ζ = 1.
A phase difference was also observed between the flow from the two gear pairs due to the index angle.

 

Figure 13. Outlet flow from two indexed gear pairs under 2000 rpm and 20 MPa (ζ = 1).

Figure 14 depicts the outlet flow from the tandem pump (ζ = 1) under 2000 rpm and 20 MPa
with respect to different index angles (0, λ/4, λ/2), noting that the index angle γ was bounded
between 0 and λ. It can be seen that the outlet flow of the tandem pump exhibited a periodic behavior
with the same period of 27.7◦ and roughly the same mean outlet flowrate though the index angle
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varied. However, the outlet flow exhibited different shapes and different ripples as the index angle
varied. The outlet flow yielded between 151.59 and 158.64 L/min when γ = 0, between 153.25 and
156.96 L/min when γ = λ/4, and between 154.01 and 156.34 L/min when γ = λ/2.

 

Figure 14. Outlet flow from the tandem pump (ζ = 1) under 2000 rpm and 20 MPa regarding different
index angles.

Figure 15 depicts the outlet flow from the tandem pump (γ = λ/2) under 2000 rpm and 20 MPa
with respect to different displacement ratios (0, 0.5, 1), noting that the displacement ratio ζ was
bounded between 0 and 1. Expectedly, the outlet flow exhibits a periodic behavior with the period
of 27.7◦. It could also be seen that under the same operating conditions, the pump yielded different
mean outlet flowrate and different flow ripples as the displacement ratio varied. The outlet flow
yielded between 75.25 and 78.33 L/min when ζ = 0, between 115.02 and 116.88 L/min when ζ = 0.5,
and between 153.91 and 156.34 L/min when ζ = 1.

 

Figure 15. Outlet flow from the tandem pump (γ = λ/2) under 2000 rpm and 20 MPa regarding
different displacement ratios.
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4.2. Flow Ripple under Different Design Parameters

Figure 16 depicts the flow ripple (δq) of the tandem pump (ζ = 1) under 2000 rpm and 20 MPa
regarding different index angles (from 0 to λ), noting that the flow ripple was defined by Equation (25),
following the work addressed by Ivantysyn et al. [26].

δq =
Qmax − Qmin

0.5 · (Qmax + Qmin)
(25)

where Qmax is the maximum flowrate; and Qmin is the minimum flowrate.
Referring to Figure 16, it was clear and consistent that with respect to a certain index angle,

the tandem pump’s kinematic flow (Qkin) yielded a greater ripple while the with-trapped flow (Qwt)
yielded a lower ripple than the actual flow (Qout). Additionally, as the index angle increased (from 0
to λ), one observed a decrease followed by an increase in the flow ripples of the three types of flow,
and the flow obtained the minimum flow ripple when γ = λ/2 (in red rectangles). Concerning the
actual flow (Qout), the maximum flow ripple was roughly 4.62% when γ = 0, and the minimum flow
ripple was roughly 1.57% when γ = λ/2.

 

Figure 16. Flow ripple of the tandem pump (ζ = 1) under 2000 rpm and 20 MPa regarding different
index angles.

Figure 17 depicts the flow ripple of the tandem pump at 20 MPa regarding different displacement
ratios (from 0.1 to 1) under the same mean outlet flowrate. The operating speed for the tandem pump
with the displacement ratio ζ = 1 was 2000 rpm, and the operating speeds for other displacement ratios
were set as Equation (26) for the purpose of maintaining the same mean outlet flowrate.

nζ=ζ0 = nζ=1 · 1 + 1
1 + ζ0

(26)

Referring to Figure 17, it can be seen that with respect to a certain index angle (γ), the flow
ripple first exhibited a decrease, then followed by an increase as the displacement ratio (ζ) increased,
and a minimum value of the flow ripple could be achieved by properly selecting the displacement
ratio. With respect to a certain displacement ratio (ζ), the condition of γ = λ/2 yielded the minimum
flow ripple when ζ was greater than 0.4. Hence, as observed, the condition of γ = λ/2 and ζ = 0.5
yielded the minimum flow ripple under the same outlet pressure and mean outlet flowrate (in red
squares), and the related flow ripple yielded 1.41%.
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Figure 17. Flow ripple of the tandem pump at 20 MPa regarding different displacement ratios under
the same mean outlet flowrate (Qout).

4.3. Flow Ripple under Different Operating Conditions

Figure 18 depicts the outlet flow ripples of the tandem pump (γ = λ/2 and ζ = 0.5) and the single
pump under different operating conditions (500–3000 rpm, 0–30 MPa). It should be noted that the
displacement of the tandem pump was 60 mL/rev given that the displacements of the two gear pairs
were 40 mL/rev and 20 mL/rev, respectively; and the displacement of the single pump was 60 mL/rev
for the purpose of maintaining the same mean outlet flowrate as the tandem pump when working
under the same operating condition.

For these two types of pumps (tandem, single), it can be seen that with respect to a certain
operating speed, the flow ripple increased as the outlet pressure increased. Furthermore, there was
a clear and consistent trend that with respect to a certain outlet pressure, the flow ripple decreased
as the operating speed increased. Moreover, the decrease of the flow ripple was noticed by applying
the tandem pump with γ = λ/2 and ζ = 0.5. For instance, when working under 500 rpm and 30 MPa,
the flow ripple of the single pump was 8.52% and the tandem pump was 3.72%; when working under
3000 rpm and 30 MPa, the flow ripple of the single pump was 4.42% and the tandem pump was 1.89%.

 
(a) 

Figure 18. Cont.
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(b) 

Figure 18. Flow ripples of the tandem pump and the single pump under different operating conditions:
(a) 500–1500 rpm; and (b) 2000–3000 rpm.

5. Discussion and Conclusions

In this section, we discuss the outlet flow of the pump to identify the main causes of the flow
ripple. Additionally, the influence of the design parameters is discussed for the purpose of selecting
the proper design parameters to enable a decrease of the crescent pump’s flow ripple.

5.1. Main Causes of the Flow Ripple

As observed in Figure 12, by applying Equation (25), the flow ripple of the kinematic flow
(Qkin) yielded 6.8%, which is believed to be caused by the kinematic relations between the meshing
gears. As stated above, the trapped flow (qtrap) was forced into the discharge chamber through
the relief groove on the floating plate, thus leading to an increase in the outlet flow. Consequently,
the with-trapped outlet flowrate (Qwt) yielded a greater mean outlet flowrate than that of Qkin. The flow
ripple of Qwt in Figure 12 yielded 2.7%, an approximately 60% decrease than that of Qkin, indicating
that the trapped flow plays an important role in decreasing the flow ripples. Regarding the internal
leakage (qleak) and the triangular flow (qtri), it was clear that they led to a decrease in the outlet flow
since they are the flow out of the discharge chamber. The flow ripple of Qout in Figure 12 yielded 4%,
an approximate decrease of 41% than that of Qkin, but a 60% increase than that of Qwt, indicating that
the internal leakage (qleak) and the triangular flow (qtri) led to an increase in the flow ripples.

Hence, it can be seen that the trapped flow led to a decrease in the flow ripple, while the triangular
flow and the internal leakage of the pump led to an increase in the flow ripple; which was also
consistent with the cases depicted in Figure 16.

5.2. Influence of Design Parameters

5.2.1. Influence of the Index Angle

As observed in Figure 14, the index angle (γ) had little influence on the mean outlet flowrate;
however, it had a great influence on the outlet flow ripples. Referring to Figure 13, it can be seen that
the index angle enabled a phase difference between the flow from the two gear pairs. Noting that the
flow of the tandem pump was obtained by summing the flow from the two gear pairs, it was workable
to attenuate the flow ripple of the tandem pump by properly selecting the index angle, therefore
allowing the peak value of the flowrate from one gear pair to coincide with the valley value of the
flowrate from the other gear pair. This is believed to be the reason why the index angle of 13.85◦ (λ/2)
led to the greatest decrease in the flow ripple. As shown in Figure 16, the flow ripple was reduced by
66% from the maximum value (γ = 0) by properly selecting the index angle (γ = 13.85◦).
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5.2.2. Influence of the Displacement Ratio

The displacement ratio (ζ) led to different displacements of the pump, thus resulting in a different
mean outlet flowrate in Figure 15 when working under the same operating condition. Under the
circumstance of the same mean outlet flowrate, there was a value of the displacement ratio which
enabled the greatest decrease in the flow ripple, and the value varied with respect to different index
angles, as shown in Figure 17.

Referring to Figure 17, it can be seen that the index angle of 13.85◦ (λ/2) and the displacement ratio
of 0.5 led to the greatest decrease in the outlet flow ripple, which was 10% lower than that of γ = 13.85◦

and ζ = 1 (flow ripple: 1.57%), and 70% lower than that of γ = 0 and ζ = 1 (flow ripple: 4.62%).

5.3. Influence of Operating Conditions

With respect to a certain operating speed, the internal leakage of the pump increased as the outlet
pressure increased, and this is believed to be the reason why the flow ripple increased (the internal
leakage leads to an increase in the flow ripple as discussed above). With respect to a certain outlet
pressure, the mean outlet flowrate increased as the operating speed increased, and this is believed to
be the reason why the flow ripple decreased (the denominator in Equation (25) became greater while
the numerator remained roughly the same).

Referring to Figure 18, the tandem pump led to a more than 45% decrease in the flow ripple
than the single pump with respect to the depicted operating conditions (500–3000 rpm, 0–30 MPa).
Hence, it can be seen that a tandem crescent pump with proper design parameters (γ = 13.85◦ and
ζ = 0.5) can result in a significant decrease in the outlet flow ripple (more than 45%) than a single pump
with the same displacement across a wide range of operating conditions (500–3000 rpm, 0–30 MPa).
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Notation

Aval, rel, tri flow area of the throttle valve, the relief groove, and the triangular groove (m2)
b width of the gear (m)
bB, L1, L2 parameters of the rectangular sealing area around the outlets (m)
Cd discharge coefficient (-)
f frequency (Hz)
l length of the sealing area in the ring-gear/case interface(m)
lr length of the tooth tip (m)
m module of the gear (m)
n operating speed (rpm)
Os,r centers of the gear shaft and the ring gear (-)
p pressure (Pa)
pin, out inlet or outlet pressure (Pa)
ptran transitional pressure (Pa)
ptrap trapped pressure (Pa)
qin, out flowrate into and out of a chamber (m3/s)
ql lateral leakage of the lateral interface of the gears’ lateral sides and the floating plates (m3/s)
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qleak total internal leakage (m3/s)
qval, rel, tri flowrate through the throttle valve, the relief groove and the triangular groove (m3/s)
qtri,s; tri,r triangular flow for the gear shaft and the ring gear (m3/s)
qr radial leakage of the radial interface of the tooth tips and the crescent fillers (m3/s)
qrc leakage of the ring-gear/case interface (m3/s)
qtrap trapped flow, flow out of the trapped chamber through the relief groove (m3/s)
Qmax, min maximum and minimum flowrate (m3/s)
Qkin kinematic outlet flow (m3/s)
Qwt with-trapped flow by adding the kinematic flow and the trapped flow (m3/s)
Qout actual outlet flow by adding the kinematic flow, the trapped flow, the leakage and the triangular

flow (m3/s)
ra1, a2 addendum radii of the gear shaft and the ring gear (m)
rf1, f2 distances between the contact point and the centers of the gear shaft and ring gear (m)
rfp1, fp2 radii of the inner and the outer border of the floating plate (m)
rp1, p2 pitch radii of the gear shaft and the ring gear (m)
t time (s)
V volume (m3)
Vd volume of the discharge chamber and the delivery line (m3)
Vkin volume of the discharged fluid when the pump operates for a period of time t from the kinematic

aspect (m3)
Vtrap volume of the trapped chamber (m3)
VTS volume of the tooth space (m3)
z1, 2 tooth number of the gear shaft and the ring gear (-)
Greek symbols
α0 pressure angle of the gear (◦)
α operating pressure angle of the gear pair (◦)
β fluid bulk modulus (Pa)
γ index angle (◦)
δ radial clearance between the ring gear and the case (m)
δl lateral clearance between the gears’ lateral sides and the floating plates (m)
δq flow ripple (-)
δr radial clearance between the gears’ tooth tips and the fillers (m)
Δt time interval (s)
ζ displacement ratio (-)
η volumetric efficiency (-)
θ rotation angle of the gear shaft (◦)
λ circumferential angle of one tooth in the gear shaft (λ = 360◦/z1)
μ fluid viscosity (Pa·s)
ρ fluid density (kg/ m3)
ϕ angle circumference the sealing area in the ring-gear/case interface (rad)
ψ sector angle of the annular sector for estimation of the lateral leakage (rad)
ω, ωr angular velocity of the gear shaft and the ring gear (rad/s)
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Abstract: This study aims to propose an analysis method for resolving the pressure response of a
pneumatic brake circuit considering the effect of a transmission pipe. Pneumatic brake systems (PBS)
are widely used in commercial vehicles. The pressure response characteristic of the PBS is the key
factor affecting braking performance. By using the thermodynamics of a variable-quality system, the
pressure response model of the brake chamber is established, which includes the dynamic model of
the pipe considering the unsteady friction and heat transfer. The partial-differential control equations
of pipe are solved by introducing the constrained interpolation profile (CIP) method, and a virtual
chamber model is proposed to set the boundary condition so as to solve the pressure response in the
brake chamber simultaneously. Thus, the regularity of the brake pressure response is obtained by
considering the influence of the pipe. Lastly, the model is verified experimentally. The present study
indicates that the main factors that affect the pressure response delay are the pipe length and the
combination forms of the sonic conductances of the orifices inlet and outlet. Furthermore, it helps
to verify that the CIP method is an effective way of solving the pressure response of a brake circuit
because of its high accuracy. The present study serves as a foundation for the design and analysis of
a PBS.

Keywords: pneumatic brake; pressure response; pipeline; brake chamber; CIP method

1. Introduction

The brake system is the key component guaranteeing the safety of vehicles, and its performance
affects driving safety, braking stability and passenger comfort. At present, pneumatic brake systems
(PBSs) are widely used in buses and heavy trucks for their cleanliness, simple structure and high
reliability. However, many nonlinear factors, including the compressibility of air and the unsteady
characteristics of braking, make it difficult to calculate the characteristics of PBSs accurately. Hence,
their design is based mostly on experience or experiments [1], which harms their efficiency and
increases their maintenance cost. Therefore, researchers are always looking for ways to enhance the
performance of PBSs [2,3]. An electro-pneumatic proportional valve was proposed to replace the
antilock brake system so as to control the brake pressure more accurately [4], but it has been rarely used
in vehicles because of its high cost. Europe and America have proposed the mandatory installation of
emergency brake systems on vehicles for active safety [5], but their spread in Asian countries has been
slow because of cost and problems with the technology. Consequently, if the performance of PBSs
could be enhanced by optimising their control algorithm or improving the accuracy of their analysis
model, this would broaden their application prospects and avoid spiralling hardware costs.
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When the driver treads on the brake pedal to decelerate or stop a vehicle, there is time consumption
that includes the response time of the driver, the transmission time of force and signals, and the action
time of the actuator. All of these factors cause brake hysteresis more often when compared to the
brake expectation, and the hysteresis is the response delay of the brake system. The response time
delay consists of the delay of pedal valve, pneumatic brake circuit, actuator, and control networks.
Wang et al. [6] had proved that a pipe in a pneumatic brake system account for 30% of the overall time
delay by experiment but without theoretical analysis. Therefore, the time delay caused by a pipe is
an important part of the delay of a pneumatic brake circuit. In this paper, we mainly focused on the
time delay caused by the influence of a pipe but did not study the other factors. Because of the time
delay of the pneumatic brake system, the time delay will cause the longitudinal or lateral braking
distance deviation [7]. Especially, for the emergency braking condition, a tiny deviation of braking
distance may lead to vehicle crash and the death of a human. Table 1 gives the braking distance with
different time delays referred to in [8]. It is obvious that the brake distance increases considerably
when the time delay increases. Thus, ISO7346 and GB/T7258 clearly define the range of time delay to
guarantee safe driving. Therefore, decreasing the response time delay or identifying the time delay
and controlling it with proper control methods are effective ways to decrease the brake distance and
increase driving safety.

Table 1. Influence degree of time delay on braking distance.

Time Delay (s)
Increasing of Brake

Distance (m)
Influence Degree (%) Remarks

0.9 15.0 40.9 The whole brake distance is
assumed to satisfy the force law,

and it is equal to 36.7 m

0.7 11.7 31.8
0.5 8.3 22.7
0.3 5.0 13.6

At present, the low cost and high efficiency of computer simulation means that it is the main way
of studying the performance of brake systems. For example, He et al. [9–11] used AMESim, SIMULINK
and MWorks to establish a model of a brake system and study its pressure response characteristics.
However, the algorithms of these commercial software packages are closed, which makes it difficult
to use them to develop brake systems with different requirements. Meanwhile, simulations using
such software are based on time sampling, which makes it difficult to tackle problems that are both
temporally and spatially dependent. Thus, the distributed-parameter components, such as the pipe,
are equivalent by restriction or capacity-restriction (it sacrifices the accuracy artificially). Furthermore,
adiabatic and isothermal models [9,10] are mostly used for modelling the brake chamber, which
simplifies the analysis but also reduces its accuracy. The brake chamber is a particular air cylinder, and
Tokashiki et al. [12] have shown that the pipe affects the dynamic characteristics of this cylinder via
the temperature changes caused by the pipe. Qin [7] demonstrated experimentally the existence of
a pipe led time delay in a PBS, and proposed compensating for it in the design of the control system.
However, that approach is not a universal method because it lacks a theoretical basis. Therefore, it is
important to consider the influence of the pipe so as to calculate the brake force response accurately.

To calculate the pressure response in the pipe, it is necessary to solve the partial-differential
equations (PDEs) represented by the continuity, kinematic and energy equations. Zielke [13] first
solved these equations by the method of characteristics considering the friction. However, he neglected
advection and temperature change, so his approach is suitable only for low-pressure, low-speed
problems. In addition, Zielke’s method has to solve a convolution integral repeatedly, which is
inefficient. Kitagawa et al. [14] then proposed an optimised method in which the convolution integral
is replaced by an exponential function, which improves the efficiency markedly. Hashimoto et al. [15]
proposed a grid differential scheme to calculate the large pressure surge in the pipe, but that
approach is only first-order accurate and the time step must be sufficiently small to avoid divergence.
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Wei et al. [16,17] also used the method of characteristics to solve the pressure response in the brake
circuit of a train. However, it is complex to solve the characteristics curve and the time step must
be strictly equal to the spatial step divided by the speed, which are restrictions that make such an
approach difficult to apply universally. The key difficulty in calculating the pressure response in the
pipe is to solve the PDE control equations accurately. Yabe et al. [18] and Takewaki et al. [19] proposed
the constrained interpolation profile (CIP) method with third-order accuracy, which is good for solving
hyperbolic PDEs. The CIP method uses a cubic interpolation to calculate the values between grid
nodes, and has obtained good results in many applications. For example, it has been used for weather
forecasting and for simulating dam failures and hull shock waves [20,21], all cases in which natural
phenomena were predicted accurately.

Through the analysis above, the deficiencies in previous studies of PBSs can be summarised as
follows. Either the influence of the pipe was neglected or the pipe was replaced by a simple restriction,
both of which approaches reduce the accuracy. Also, the conventional methods used for solving
the PDEs were either of low accuracy or were inefficient. Furthermore, heat exchange between the
system and its surroundings was neglected, which also reduces the accuracy. In contrast, in the present
study, the accurate CIP method is introduced and the heat exchange is considered comprehensively.
We couple the models of the pipe and the brake chamber and solve them simultaneously, bringing
regularity to the influence of the pipe parameters on the response of the brake pressure. The present
study provides a good reference for the design and analysis of a PBS.

2. Modelling the Brake Pressure Response

A typical pneumatic brake circuit is shown in Figure 1. It consists of a compressor, an air filter,
a compressed-air reservoir, a pedal valve, pipes and four brake chambers, and so on. This pneumatic
brake circuit consists of four subcircuits, which are front brake circuit, rear brake control circuit, rear
brake circuit, and parking brake circuit. When the driver treads on the pedal, the pedal valve opens
and the compressed air flows into the front and rear brake chambers through the brake control valve
and pipe. The rear brake chamber is relatively farther from the air tank, and then a relay valve is
used to decrease the time delay. In these four subcircuits, the similarity is that all of the subcircuits
use long pipes to transmit the air. Moreover, the time delay of a pipe is the key point that should
be first solved. The operation pressure is generally 0.6–0.8 MPa for a pneumatic brake system, and
the diameter of a transmission pipe is 6–16 mm. When analysing the brake circuit, we can study
the subcircuit one by one. In this study, we mainly focused on the calculation method of the time
delay caused by a transmission pipe; thus, we will simplify the system into one circuit to describe the
modelling method clearly.

Figure 1. Schematic of the pneumatic brake circuit of a bus.
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Although the brake control valve has a complex internal structure, the air flows through it quickly
and its volume is small, so it can be thought of as lumped parameter components. The main effects of
the brake control valve on the braking process are its flow-rate characteristics and the time delay of the
mechanism. Therefore, when modelling the brake system, the brake control valve can be dealt with as
an orifice [22]. For a pneumatic transmission circuit, the flow-rate characteristics of the circuit depend
mainly on the smallest component and its upstream components; the downstream components have
little effect [23]. In this paper, we mainly focused on the modelling and solving method of the pipe.
Conversely, compared with the pipe, the sonic conductance of the control valve is smaller. Therefore,
the valve can be considered as an orifice with a constant effective area.

Thus, the simple circuit shown in Figure 2 is adopted as the research object in the present
paper, which is composed of an air source, two orifices, a pipe, and a brake chamber. In the actual
application, orifice 1 depends on the control valve and orifice 2 is the inlet orifice of the brake chamber.
According to ISO6358 [24], the flow-rate characteristics of the components can be measured by the
isothermal chamber (ITC) discharge method, and the time delay of the brake control valve can be
obtained according to ISO19973 [25]. The resultant flow-rate characteristics of the components in
a circuit can be calculated by referring to [23,26].

sp Orifice 1 Orifice 2

Air source
Brake 

chamber

Pipe

Figure 2. Simplified pneumatic brake circuit.

The following assumptions are used to facilitate the analysis model when modelling the PBS [27,28]:

(a) The working fluid (air) of the system follows all ideal gas laws;
(b) There is no leakage from the fittings or the brake chamber;
(c) The airflow in the pipe is a one-dimensional flow, and the parameters in each section are uniform.

2.1. Flow-Rate Characteristics of the Orifice

According to ISO6358, the sonic conductance C and the critical pressure ratio b are used as
the main parameters to describe the flow-rate characteristics [24]. Thus, if we know the flow-rate
characteristics of an orifice, the flow-rate output from the tank or the input to the brake chamber can be
obtained according to the definition of the flow-rate characteristics. However, we will use numerical
computation in the following discussion, so we are introducing a corrected formula proposed by
Kassa [29] so as to avoid numerical divergence if the step size becomes too large. Hence, the mass flow
rate of air through an orifice can be given as

G =

⎧⎪⎪⎪⎪⎪⎨⎪⎪⎪⎪⎪⎩

k1 p1

(
1 − p2

p1

)√
θ0
θ1

0.995 ≤ p2
p1

≤ 1

Cpρ0

√
θ0
θ1

(
1 −

( p2
p1
−b

1−b

)2
)0.5

b < p2
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√
θ0
θ1

p2
p1

≤ b

(1)

where k1 is the linear gain obtained by
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k1 =
1

1 − 0.995
· C · ρ0

√
1 −

(
0.995 − b

1 − b

)2
(2)

2.2. Modelling the Pipe

In a PBS, the pipe is the medium for air transmission and is the key component that causes time
delays in the system. The length of the vehicle body could be up to 20 m for a large bus or a truck, so it
is necessary to consider the influence of the pipe when it transmits pressure. The pipe is sufficiently
long for both the pressure and temperature to be spatially and temporally dependent, so we deal with
the pipe as a distributed-parameter component to enhance the analysis accuracy. Figure 3 shows the
analysis model used for the pipe, in which each element in the dashed line is the control volume, and
it is also the grid we will use in the next section.
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Figure 3. Analysis model of pipe.

The diameters of the pipes commonly used in pneumatic brake circuits are in the range 6–16 mm,
which is very small compared with the pipe length. Hence, the flow in the pipe can be thought of as
being a one-dimensional flow. According to gas dynamics, the air in the control volume satisfies the
conservation of mass, momentum, and energy [30]. So, the control volume can be described by the
control equations as follows:

∂ρ

∂t
+

∂(ρu)
∂x

= 0 (3)

∂u
∂t

+ u
∂u
∂x

= −1
ρ

∂p
∂x

− λ

2D
u2 (4)

∂

∂t

[
ρA

(
e +

u2

2

)]
+

∂

∂x

[
ρuA

(
e +

u2

2
+

p
ρ

)]
= ρ A q (5)

To enhance the model accuracy, in Equations (3)–(5), we consider the friction loss and heat
exchange, respectively, in terms of a friction loss coefficient λ and the heat convection q between the
control volume and its surroundings. Coefficient λ is a function of the Reynolds number according to
the flow regime and is expressed as follows:

λ =

⎧⎪⎨⎪⎩
64/Re Re < 2.5 × 103

0.3164Re−0.25 2.5 × 103 ≤ Re < 1.0 × 105

0.0032 + 0.221Re−0.237 Re ≥ 1.0 × 105
(6)

Re is the Reynolds number given by Re = uD/ν, where u is the gas velocity, D is the diameter of
pipe, and ν is kinematic viscosity.

And then the heat exchange q is given by

q =
4h(θa − θ)

Dρ
(7)

where h = 0.046(κ/D)Re0.8Pr0.4 and Pr is the Prandtl number, which is equal to 0.72 for air.
By using Equations (3)–(7), we comprehensively consider the factors related to nonlinear effects,

whereupon the pressure, density, and temperature in each control volume can be solved accurately.
Furthermore, we can obtain the regularity for these physical quantities that change temporally and
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spatially. However, it is difficult to solve these hyperbolic PDEs analytically because they include many
nonlinear factors, such as heat exchange and friction. The methods used most commonly to solve
PDEs are up-wind difference schemes, central difference schemes, and the Lax–Wendroff method [31].
However, these all deliver only either first-order or second-order accuracy, and their stability is very
poor for a large pressure surge. Thus, to enhance the accuracy and stability, we introduce the CIP
method with its third-order accuracy; the details will be explained later.

2.3. Modelling the Brake Chamber

Figure 4a shows the structure of the brake chamber, which consists of a diaphragm, a push plate,
a push rod, and a spring, thereby forming two chambers. When braking is applied, the rod-less
chamber is charged, the air expands to push the piston and push rod, and then the rod chamber is
compressed. However, there are four holes in the rod chamber with diameters of 6–8 mm so that the
air can be discharged to the atmosphere as quickly as possible, and this means that there is no back
pressure in the rod chamber. Thus, we need only consider the rod-less chamber when modelling the
brake chamber.

Spring

Push rod

Diaphragm

Push plate

c

c

c

p

V
θ

cG

dF ( )xxk k +0

 
(a) structure of the brake chamber (b) model of the brake chamber 

Figure 4. Structural diagram of brake chamber.

The main parameters are shown in Figure 4b. By differentiating the gas state equation pV = mRθ

with respect to time, the pressure response in the rod-less chamber is obtained as

dpc

dt
=

1
Vc

[
GcRθc − pc

dVc

dt
+

pcVc

θc

dθc

dt

]
(8)

To improve the accuracy of the model, we consider here the heat exchange in the brake chamber.
Thus, according to the first law of thermodynamics, the energy flow in or out of the chamber
always satisfies

dU = dH + dW + Q (9)

where U is the internal energy, H is the enthalpy that flows in the chamber, W is the work done by the
rod, and Q is the heat exchanged between the inner chamber and the surroundings through the wall,
which can be expressed as follows according to Newton’s law of cooling:

Q = hSh(θa − θc) (10)

The heat-exchange coefficient h can be measured using the stop method [32]. However, it changes
during the charging process, so we adopt an average value here of h = 20. In addition, the model is
adiabatic for h = 0, tending to isothermal has h → ∞.

By differentiating Equation (9) with respect to time and combining it with the equations U = cvθ,
H = cpθ and the Mayer equation cp−cv = R, we obtain the temperature response as

dθc

dt
=

1
mccv

[
cvGc(θa − θc) + RθaGc − pc

dVc

dt
+ hShc(θa − θc)

]
(11)
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The volume Vc of the diaphragm changes as that of a cone rather than a cylinder, and is given
approximately by

Vc = A
(

x0 +
π

3
x
)

(12)

The force on the piston is shown diagrammatically in Figure 4b, from which the kinematic
equation of the push rod can be obtained as follows according to Newton’s second law of motion:⎧⎪⎪⎪⎨⎪⎪⎪⎩

a = (pc − pa)Ap − k(x0k + x)− Fd
du
dt = 1

M
[
(pc − pa)Ap − k(x0k + x)− Fd

]
(a > 0 ∩ x = s) ∪ (0 < x < s)

du
dt = 0 ( a < 0 ∩ x = 0) ∪ x = s

(13)

where Ap is the effective loaded area, which changes during the stroke of the piston [33] and is
expressed as

Ap =

{
A 0 ≤ x ≤ 2

3 s
7
5 A − 3A

5s x 2
3 s < x ≤ s

(14)

In Equation (13), Fd is the deforming force on the diaphragm, which also changes during the
stroke and is expressed as

Fd =

⎧⎪⎨⎪⎩
Fd0 +

4Fd0
s x 0 ≤ x ≤ 1

4 s
2Fd0

1
4 s ≤ x ≤ 3

4 s
0 3

4 s ≤ x ≤ s
(15)

Through the three models established above, we obtain an analytical model for the brake pressure
response. The method for obtaining solutions to this model is discussed in detail in Section 3.

3. Simulations and Experiments on Brake Pressure Response

3.1. Solving the Pipe Control Equations

3.1.1. CIP Method

First proposed by Yabe [18,19] in the 1980s, the CIP method is an effective way to solve hyperbolic
PDEs. It uses the function value and its derivative on a spatial grid, and then a cubic interpolation
is constructed so that the values between nodes can be solved inversely. The CIP method is an
explicit scheme of numerical computation with third-order accuracy [20]. Equation (16) is a typical
hyperbolic PDE:

∂ f
∂t

+ u
∂ f
∂x

= 0 (16)

If the speed u is positive and constant, the analytical solution is f (t, x) = f (t − Δt, x − uΔt).
This means that the value of a node at the next time step can be obtained from the current one; however,
the location is not on the node but is shifted by an amount uΔt from it. As we know, (x − uΔt) is
located between two nodes, so we need to solve the value at (x − uΔt) by interpolation. The highly
accurate interpolation expression proposed by Yabe is given as

f (x) = ai(x − xi−1)
3 + bi(x − xi−1)

2 + f ′i−1(x − xi−1) + fi−1 (17)

The coefficients in Equation (17) can be obtained using Equations (18)–(21):

ai =

(
f ′∗i + f ′∗iup

)
Δ2 +

2
(

f ∗i − f ∗iup

)
Δ3 (18)

bi =
3
(

f ∗iup − f ∗i
)

Δ2 −
(

2 f ′∗i + f ′∗iup

)
Δ

(19)
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when ui < 0, Δ = −Δx, iup = i − 1; and if ui > 0, Δ = Δx, iup = i + 1.

f n+1
i = aiξ

3 + biξ
2 + f ′∗i ξ + f ∗i (20)

f ′n+1
i = 3aiξ

2 + 2biξ + f ′∗i (21)

where ξ = −uiΔt.
To verify the accuracy and suitablity of the CIP method, a rectangular wave, as shown in Figure 5a,

was used to assess the advantages of the CIP method. The control equation is expressed as Equation (16).
Moreover, the velocity of propagation is u = 1, the spacial step is Δx = 1, the time step is Δt = 0.1, and the
results after 400 steps are shown in Figure 5b–d that includes the CIP method, the up-wind difference
method, and the Lax–Wendroff method. Clearly, the CIP method is best suitable for a rectangular
wave with large pressure difference. The up-wind method with first-order accuracy is the worst, and
the Lax–Wendroff method with second-order accuracy can relativly express the wave-type well, but it
has oscillation and divergence in the process. The pressure wave in the pneumatic brake system is
large when the brake control valve opens or closes. Thus, it is better to introduce the CIP method for
its stability and high accuracy for solving the pressure response with large pressure fluctuation.

  

(a) (b) 

 
(c) (d) 

Figure 5. Comparison of different difference schemes. (a) Initial value; (b) CIP method; (c) Up-wind
method; (d) Lax–Wendroff method

3.1.2. Arrangement of the Control Equations

We rearranged Equations (3)–(5) with the CIP method, we rearrange them into advection and
non-advection terms. Substituting the gas state equation e = p/[ρ(κ − 1)] into Equation (5), the new
control equations can be written as

∂ρ

∂t
+ u

∂ρ

∂x
= −ρ

∂u
∂x

(22)

∂u
∂t

+ u
∂u
∂x

= −1
ρ

∂p
∂x

− λ

2D
u2 (23)

∂p
∂t

+ u
∂p
∂x

= −κp
∂u
∂x

+ ρ(κ − 1)
(

q + u
λ

2D
u2

)
(24)

214



Appl. Sci. 2017, 7, 941

where the left-hand sides hold the advection terms and the right-hand sides hold the non-advection
terms. We then rewrite Equations (22)–(24) in vector form as

∂
→
f

∂t
+ u

∂
→
f

∂x
=

→
G (25)

where

→
f =

⎛⎜⎝ ρ

u
P

⎞⎟⎠,
→
G =

⎛⎜⎝ −ρ ∂u
∂x

− 1
ρ

∂P
∂x − λ

2D u2

−κp ∂u
∂x + ρ(κ − 1)

(
q + u λ

2D u2
)

⎞⎟⎠
3.1.3. Solving the Control Equations

According to the principle of the CIP method, we differentiate Equation (25) with respect to the
spatial variable x, whereupon the derivative form of the equation is obtained as

∂
→
f′

∂t
+ u

∂
→
f′

∂x
=

→
G′ −

→
f′ ∂u

∂x
(26)

The CIP method is used to solve hyperbolic PDEs of the form shown in Equation (4). Hence, we
should separate the equation into advection and non-advection terms.

Figure 6 describes the detailed solving principle, in which t(n) indicates a parameter at the current
time and t(n + 1) indicates the same parameter but at the next time step. The real process involves
a physical quantity being transmitted from t(n) to t(n + 1) in one time step; however, we can deal
with it in two steps. The first step is non-advection transmission, which transmits from t(n) to t*; the
second step is advection transmission, which transmits from t* to t(n + 1). The value at xi − uiΔt can
be obtained by using Equation (17).

( )1t n +

( )t n

tΔ

u tΔ

( )*t

Figure 6. Principle of CIP method.

In Figure 6, the non-advection term is

∂
→
f

∂t
=

→
G (27)

∂
→
f′

∂t
=

→
G′ −

→
f′ ∂u

∂x
(28)

The values of f ∗i and f ′∗ can be solved directly with an up-wind method as

f ∗i = f n
i + ΔtGn

i (29)

f ′∗i = f ′ni +

(
f ∗i+1 − f n

i+1
)− (

f ∗i−1 − f n
i−1

)
2Δx

− f ′ni
un

i+1 − un
i−1

2Δx
Δt (30)
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where

Gn
i =

⎧⎪⎪⎪⎨⎪⎪⎪⎩
−ρn

i
un

i −un
i−1

Δx

− 1
ρn

i

pn
i+1−pn

i
Δx − λ

2D un2
i

−κpn
i

un
i −un

i−1
Δx + ρn

i (κ − 1)
(

qn
i + un

i
λ

2D un2
i

) (31)

The advection term is
∂
→
f

∂t
+ u

∂
→
f

∂x
= 0 (32)

∂
→
f′

∂t
+ u

∂
→
f′

∂x
= 0 (33)

The quantities f ∗i and f ′∗i are obtained from Equations (29) and (30). Substituting the values into
Equations (18)–(21) allows Equations (32) and (33) to be solved using the CIP method.

3.2. Outlet Boundary Settings

According to the principle of the CIP method and Figure 6, the values on the inlet and outlet
boundaries cannot be derived but should instead be set directly. Therefore, as shown in Figure 3, we
add one more grid at the inlet and outlet separately. Grid zero stands for the air source, and grid N + 1
is the actuator linked to the pipe, which is the brake chamber in this paper. The parameters of grid
zero are always the same as those of the air source in the tank, and we focus instead on the settings for
grids N and N + 1.

To solve the pressure response in grid N, we deal with it here as a virtual small chamber whose
volume is AΔx; the other parameters are shown in Figure 7. The volume is so small that there is no
time to exchange heat with the surroundings, so we handle it as an adiabatic chamber. The air flow
into the chamber is Gin and the air consumption downstream is Gc, so the pressure response in the
chamber can be obtained as

V
dp
dt

= k(Gin − Gc)Rθ (34)

Rewriting Equation (34) in difference form, the pressure is

pn+1
N = κ

(Gin − Gc)Rθa

AΔx
Δt + pn

N (35)

where
Gin = ρn

N−1un
N−1 A (36)

Gc = pn
NCρ0

√
θ0

θa
ϕ(pn

c /pn
N) (37)

un+1
N =

Gc

ρn
N A

(38)

N

N

p
ρ

1

1

1

N

N

N

p

u
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inG
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θ

cG
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Figure 7. Model of the outlet boundary.
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3.3. Discretisation of the Control Equations of the Brake Chamber

To solve the pressure response of the brake chamber simultaneously with that of the pipe, the brake
chamber is handled as grid N + 1 and Equations (8), (11) and (13) are rewritten as difference schemes:

θn+1
c =

1
mccv

[
cvGc(θa − θn

c ) + RθaGc − π

3
pn

c Aun
p + hShc(θa − θn

c )
]
Δt + θn

c (39)

pn+1
c =

1
Vc

[
GcRθn

c − π

3
pn

c un
p A +

pn
c Vc

θ
j
c

θn+1
c − θn

c
Δt

]
Δt + pn

c (40)

un+1
p =

Δt
M

[
(pn

c − pa)Ap − k
(

x0k + xn+1
)
− Fd

]
+ un

p (41)

where Vc =
π
3 Axn+1 and mc =

pn+1
c Vc

RTn+1
c

.
The control equations of the brake circuit were discrete in Sections 3.1–3.3 , including solving the

pipe with the CIP method and the difference scheme used for the brake chamber. Lastly, the solution
process is summarized in Figure 8 that is realized by a MATLAB m-file, which leads to obtaining the
pressure response in the pipe and brake chamber simultaneously. The main function CIPVec called in
Figure 8 can be found in Appendix A.

 

Figure 8. Flow-chart of brake circuit simulation.

3.4. The Experiment on the Brake Pressure Response

In this experiment, we focused on verifying the mathematical model and the influence of the
pipe, so we used a solenoid valve instead of the brake control valve to simplify the measurements.
The orifices in Figure 2 are replaced by the solenoid valve and fittings. A brake-circuit test rig was
built, as shown in Figure 9. It consists of an air source, a precision regulator (IR3020, SMC), a buffer
tank (27 L), a solenoid valve (SY5100, SMC), two pressure sensors (PSE540, SMC), a pipe (T1075, SMC),
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a brake chamber (C3519VS05D, DONGFENG), and a data acquisition card (NI6009). The accuracy of
the pressure sensor is ±0.5% F.S.

(a) Schematic diagram of experiment. 

(b) test rig. 

Figure 9. Schematic diagram of pneumatic brake circuit. (a) Schematic diagram of experiment. 1—Air
source; 2—shut-off valve; 3—precision regulator; 4—buffer tank; 5—solenoid valve; 6,7—pressure
sensor; 8—pipe; 9-brake—chamber; and (b) test rig.

4. Results and Discussion

4.1. Experimental Results and Analysis

Figure 10 shows the comparison of the experiment and simulation results, and the main
parameters settings in simulation are given in Table 2.

Table 2. Simulation parameters of brake pressure response.

Components Brake Chamber Pipe Solenoid Valve

Parameters s [mm] k [N/m] x0 [mm] d [cm] L [m] D [mm] C [m3/(s·Pa)] b

Values 80 3000 2.7 16 10 7.5 2.27 × 10−8 0.38

Figure 10. Pressure response curves in brake chamber.
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Figure 10 indicates that the charge time in the brake chamber is 0.7 s without a pipe and 1.2 s
with one. Thus, the time delay is increased by 0.5 s by the pipe restricting the air transmission. For
a vehicle being driven at high speed, 0.5 s could cause a serious traffic accident if the brakes cannot
be applied promptly. Therefore, the pipe effect must be considered carefully when designing a brake
system, and the time delay should be reasonably compensated. In addition, the simulation results
are consistent with the experimental ones, which also helps to validate the mathematical models
developed in this paper. However, if we look at the results carefully, there is a little deviation at the
beginning of the charge. This is because the parameters of the rubber piston are complex and difficult
to measure correctly, and the deforming force in the extension process is complex too. Thus, we used
an approximate model to describe the piston that causes the deviation.

If we combine Figures 10 and 11, it is obvious that the location of the deviation is exactly coincident
with the process of the rod extending. Once the rod has extended fully, the rubber deformation has no
effect, and the simulation coincides well with the experiment. Furthermore, the pressure in the initial
part is very small and it does not begin to brake, so the deviation has little effect on the predicted
braking force. Thus, all of this verifies that the CIP method is a precision method for predicting the
pressure in the pipe. It also demonstrates that the model and method proposed in this paper are
sufficiently accurate to calculate the pressure response of the brake system.
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Figure 11. Displacement curves of piston in brake chamber.

Now that the model has been verified experimentally, we turn our attention to modifying the
values of various structural parameters in the simulation to study their effects.

4.2. Influence of Pipe Length

The layout of the brake circuit varies according to the type of vehicle, which in turn could affect
the brake pressure response or time delay. Figure 12 shows pressure response curves for different pipe
lengths for an inner diameter of 7.5 mm. As the length is increased from 6 m to 14 m, the time delay
increases by 0.15 s for every 4 m of pipe. This indicates that the longer the pipe, the more the time
delay. Therefore, when we design a brake circuit the pipe should be as short as possible, we should
reduce the number of bends, and we should arrange the circuit reasonably, all of which can help to
minimise the time delay.
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Figure 12. Pressure curves for different pipe lengths.

4.3. The Influence of the Pipe Diameter

The most common used pipe diameters for a PBS are in the range 6–16 mm. Figure 13 shows
pressure response curves when the diameter is increased from 4 mm to 14 mm. In the simulation,
the sonic conductance of the orifice was kept constant to focus on the effect of diameter. As shown,
when the diameter varies from 4 to 6 mm, the times delay decreases significantly. However, when
the diameter increases from 7.5 to 12 mm, the time delay slightly decreases. However, the time delay
increases but does not decrease as the diameter increases from 14 to 16 mm. Clearly, the pipe is similar
as a capacitance or resistance according to different pipe length. When the diameter is small, the
resistance is with a dominant status compared to capacitance. However, as the diameter increases, the
volume increases. Moreover, the condensance gets to be the main influencing factors. Therefore, the
time delay decreases first and then increases. However, in actual applications, pipes with a diameter in
the range of 4–6 mm are mostly used as control pipes and those in the range of 7.5–12 mm are used as
transmission pipes. Therefore, the influence of diameter is relatively small compared to that of length,
and so the diameter effect can be neglected. However, for the restriction of the brake control valves,
the pipe diameter should be chosen to match the fittings. We can use a smaller diameter if that satisfies
the requirements, but we should not use too narrow a pipe with too many transfer joints, because that
would increase the local pressure loss.

4.4. Influence of Inlet/Outlet Sonic Conductance

Figure 13 indicates that the influence of the pipe diameter is minimal. However, for the pipe
restriction, the diameter of the fittings is limited, so we should consider the influence of the inlet or
outlet sonic conductance. Figure 14 shows pressure response curves for different orifice sizes. Here,
O1 is orifice 1 in Figure 2 and O2 is orifice 2. By comparing curves 1 and 2, we see that the time delay
increases significantly as the orifice shrinks. If we compare curves 3 and 4, we see that the pressure
response depends on the orifice arrangement: when the larger orifice is in the front, the pressure
response is quicker. The main reason for this phenomenon is that the orifice size restricts the flow rate;
there will be a large pressure drop if the section area changes abruptly, whereupon the flow rate and
charging speed will decrease simultaneously. Thus, when we design a brake circuit, the arrangement
of the components should reduce gradually to decrease the local pressure drop.
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Figure 13. Pressure curves for different pipe diameters.

Figure 14. Pressure curves for different sonic conductances.

4.5. Influence of the Thermodynamic Model

In the former, we have identified the influence of the pipe when the brake chamber is charged.
However, if the brake chamber is modelled using different thermodynamic assumptions, the pressure
response is different. The most-used model is either the adiabatic model or the isothermal model.
To understand the influence of the thermodynamic model, we compare different ones here. As shown
in Figure 15, when heat exchange is taken into consideration, the model is more like the adiabatic one.
Figure 15 also shows the temperature change to be as high as 70 K, in which case the isothermal model
produces large deviations and cannot reflect the real pressure response in the brake chamber.
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Figure 15. Pressure and temperature curves for different thermodynamics models.

4.6. Comphensive Analysis of Structure Parameters

As shown in Figure 12, the pressure response time gets larger when the pipe length increases.
However, here we focus more on the relationship between time delay and pipe length. In other words,
we want to find out time delay that occurs due to different parameter configurations. Though the range
of actuation pressure and pipe length is limited, the combination forms of these structure parameters
are various. Then, we introduced the response surface method [34] to predict the regularity between
different simulation conditions. Here a simulation experiment with three factors (Length, CO1 , and
CO2 ) and three levels (as shown in Table 3) was designed by Design-Expert [35]. In these experiment
groups, the diameter was constant at 7.5 mm, and the heat exchange model was used. The experiment
was run 17 times, as shown in Table 3, and the response times were obtained, as shown in Figure 16.

Figure 16 shows that the response time by contour and the white labels in the graph are the response
times. Clearly, the response time varies significantly when the configuration changes. For example, when
the pipe length is 10 m, the response time varies from 0.94 s to 2.66 s. It is also seen that increasing the
sonic conductance of an orifice decreases the response time. However, if the orifice 1 is constant and
relatively smaller, the response time will vary slightly by increasing the orifice 2. This graph also
presents a reference for design and analysis.

Table 3. Arrangement of the simulation experiment.

No. Length [m] CO1 [×10−8 m3/(s·Pa)] CO2 [×10−8 m3/(s·Pa)] Response Time [s]

1 14.0 2.28 1.14 1.95
2 10.0 3.42 1.14 1.65
3 14.0 1.14 2.28 2.85
4 14.0 2.28 3.42 1.52
5 14.0 3.42 2.28 1.18
6 10.0 2.28 2.28 1.36
7 10.0 1.14 1.14 2.66
8 6.0 1.14 2.28 1.98
9 10.0 2.28 2.28 1.37

10 10.0 2.28 2.28 1.37
11 6.0 2.28 3.42 1.07
12 6.0 3.42 2.28 0.96
13 10.0 3.42 3.42 0.94
14 10.0 2.28 2.28 1.37
15 10.0 1.14 3.42 2.35
16 6.0 2.28 1.14 1.71
17 10.0 2.28 2.28 1.37
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(a) L = 6.0 m (b) L = 10.0 m 

(c) L = 14.0 m 

Figure 16. Pressure response time for different parameters configuration.

5. Conclusions

In this study, a pressure response model of a brake circuit was developed by considering the
influence of the pipe. The pipe model took into consideration heat transfer and unsteady friction,
and was solved by introducing the CIP method with its third-order accuracy. Meanwhile, the
brake-chamber model considered heat transfer, thereby further improving the accuracy. Lastly, the
model was verified experimentally and was shown to be highly accurate and suitable. The conclusions
drawn from this study can be summarised as follows:

(1) Because there is a time delay associated with air flow in the pipe, the brake pressure response
obviously lags. In this study, the time delay varies from 0.9 s to 2.85 s with a different parameters
configuration; therefore, the time delay should be carefully considered when designing the
brake circuit.

(2) The brake pressure response time increased significantly with pipe length, but the diameter of
a pipe has less effect when the diameter is in the range of 7.5–12 mm. Moreover, the effect of pipe
volume gets larger compared with resistance when the diameter further increases.

(3) The inlet and outlet sonic conductances affected the pressure response to different degrees.
The time delay increases when the sonic conductance decreases, and they should be
matched carefully.

(4) The brake-chamber model was the most accurate when considering the heat transfer.
Compared with the isothermal model, the adiabatic model was more accurate for temperature
changes up to 70 K.

(5) The CIP method could be used to calculate the pressure response in the pipe and was verified to
be highly accurate and stable.
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Here, we proposed the method and algorithm to solve the pressure response time of a pneumatic
brake circuit. It is useful to simplify the process of designing brake systems. In the future, we intend to
further develop this method and make the algorithms programmed. This will make it better suited to
engineering applications, and it will also possess high efficiency and accuracy.
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Nomenclature

A area of piston [m2]
b critical pressure ratio
cv specific heat at constant volume [J/(kg·K)]
cp specific heat at constant pressure [J/(kg·K)]
C sonic conductance [m3/(s·Pa)]
d diameter of brake chamber [m]
D inner diameter of pipe [m]
e inner energy [J]
Fd deforming force [N]
G mass flow rate [kg/s]
h coefficient of heat convection [W/(m2·K)]
H enthalpy [J]
k spring constant [N/m]
L length of pipe [m]
M mass of piston [kg]
p pressure [Pa]
R gas state constant = 287 [J/(kg·K)]
s stroke of push rod [m]
Sh heat exchange area [m2]
t time [s]
u velocity [m/s]
Vc volume [m3]
x displacement [m]
κ specific heat index = 1.4
θ temperature [K]
ρ density [kg/m3]
Subscripts
0 stand reference state (20 ◦C, 100 kPa)
1 upstream
2 downstream
c brake chamber

Appendix A

The main function of CIPVec called in Figure 8 is given as follows:

function [FN,GN] = CIPVec(NX,YU,DT,DX,F,G)
% NX-the numbers of grids
% YU-the velocity of advection
% DT-the length of time step
% DX-the length of spatial step
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% F/G-the parameters under solving and its differential
% FN/GN-the values of F/G in next time step
for i = 2:NX − 1

if YU(i) < 0
ISG = 1;

else
ISG = −1;

end
IUP = i + ISG;

XX = -YU(i)*DT;
FDIF = (F(IUP) − F(i))/DX*ISG;
XAM1 = (G(i) + G(IUP) − 2.0*FDIF)/(DX*DX);
XBM1 = (3.0*FDIF − 2*G(i) − G(IUP))/DX*ISG;

FN(i) = ((XAM1*XX + XBM1)*XX + G(i))*XX + F(i);
GN(i) = (3.0*XAM1*XX + 2.0*XBM1)*XX + G(i);

end
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Abstract: Pneumatic booster regulators (PBR) are in great demand in modern pneumatic systems for
their energy-saving abilities. A new booster regulator with energy recovery (VBA-R) was proposed,
and its energy efficiency was investigated by introducing the concept of air power. On the basis
of quality-alterable gas thermodynamics, an energy efficiency assessment and pressure response
model for VBA-R was proposed. First, a model was solved using MATLAB/Simulink software,
and an alternative experiment was designed to verify the mathematical model and performance
improvement. The results showed that the simulation was consistent with the experiment. We also
can conclude that, first of all, the energy efficiency decreases with the increasing of supply pressure
and flow-rate consumption; a VBA-R has the highest efficiency when its diameter ratio is closest to
1.3. Finally, a recovery chamber helped to improve the performance of the VBA-R, which included
a boost ratio improvement of 15–25% and an efficiency improvement of 5–10% compared with a
conventional VBA booster regulator. This research lays the foundation for optimism regarding the
proposed booster regulator.

Keywords: pneumatic booster regulator; energy recovery; air power; energy efficiency

1. Introduction

With the increasing awareness of the need for environmental protection, low-carbon and
energy-saving technologies have become the current theme of development. Pneumatic systems,
which account for industrial energy consumption of 10 to 20 percent [1,2], are inevitably discussed as
an energy-saving topic. Low energy efficiency is the main factor restricting the further development of
pneumatic systems. A study shows that energy consumption can be reduced by about eight percent
for each 0.1 MPa reduction in the supply pressure of the compressor [3]. Therefore, more and more
Japanese factories are beginning to reduce their air supply pressure to save energy. For example,
the supply pressure of the Toyota factory was gradually decreased from 0.6 to 0.3 MPa. However,
in practical applications, local high-pressure air is in demand due to the existence of heavy load or
high-pressure equipment. Pneumatic booster regulator systems are widely used in factories as a main
solution for satisfying local high-pressure requirements. At present, almost all commercial pneumatic
booster regulators (PBR) have a structure in which compressed air exhausts directly to the atmosphere.
It is obvious that energy is wasted, but it is hard to evaluate the real energy efficiency for lack of an
appropriate method. Therefore, a way to evaluate the efficiency of PBR systems and improve their
performance has become one of the problems of enterprise that should be solved urgently.

A PBR is also known as a pressure amplifier; it is driven by low-pressure air, and its output
pressure is high. Pneumatic booster regulators can be categorised as either symmetric or asymmetric,
with respect to their structure [4–6]. The maximum boost ratio of the symmetric type is two-fold,
according to Pascal’s law, whereas the boost ratio of the asymmetric type can be up to three or four
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times, because the diameter ratio of the drive and boost chambers can be changed for different demands.
However, it sacrifices the air flow rate, and more compressed air is exhausted to the atmosphere with
each stroke. To improve the energy efficiency, Shi [7–9] proposes an expansion energy booster in which
the air supply is cut off before the piston moves to the end of its stroke, and then the residual stroke is
driven by air expansion. Similarly, many other means are also used to improve the energy efficiency
in the driven cylinder, such as a differential drive [10], dual pressure supply, utilising expansion
energy [11], recovering energy with a rubber bladder and storing the strain energy [12], or reusing
exhaust air for power generation [13]. However, all of these make the circuit more complex, and
when the recovery energy was directly input to the drive chamber of the cylinder, it led to velocity
fluctuations, which are harmful to the life of the cylinder [14]. On the other hand, there is an urgent
need to assess the energy efficiency of a PBR in order to evaluate the performance of a booster regulator.
In recent decades, the consumption of air [dm3/min(ANR)] or specific energy [kW·h/m3(ANR)] have
been commonly used to assess the energy of compressible air [15]. However, the consumption of air
is a volume unit, so it does not reflect energy consumption. The specific energy is the ratio of the
energy output of the air compressor to the flow-rate consumed by the component. This assessment
method cannot reflect the energy consumption of the components independently because it considers
the power consumed by the air compressor, and it is hard to analyse the losses of the intermediate
links. In addition, both of these two methods do not reflect the effect of pressure. Other methods used
for the energy assessment of compressed air include enthalpy and exergy [16]. However, enthalpy
is dependent on mass and temperature and cannot reflect the effects of pressure, whereas exergy
reflects the system’s ability to conduct work from a different energy form. To describe the ability of
compressed air to do work, a new concept of air power, similar to exergy but simpler, was proposed
by Cai and Kagawa [17]. In their concept, the energy of air is related to the flow-rate, pressure and
temperature. We will introduce this as a method for evaluating the energy efficiency of a booster
regulator later in this paper.

The above analysis shows that there are some problems with pneumatic booster regulators,
such as the exhaustion of pressurised air directly to the atmosphere, which leads to energy waste; thus,
the factories are eager to propose a new method to enhance the efficiency. However, an effective way to
evaluate the energy efficiency of a PBR is lacking. To overcome these problems, a new booster regulator
with energy recovery was proposed in which the air tank was considered, the energy efficiency
and dynamic models were established, and the regularity of change in energy efficiency was found,
which provides a good reference for the design and operation of a booster regulator.

2. Working Principle of the Booster Regulator

Based on Pascal’s law, low pressure can be transferred to high pressure for the area of difference.
A typical commercial booster regulator (VBA series, SMC, Tokyo, Japan) is shown in Figure 1. It is
composed of two drive chambers, two boost chambers and a movable piston. As shown in Figure 1,
the piston moves from left to right. The pressurised air flows into drive chamber A and boost chamber
B, and the air in drive chamber B discharges directly to the atmosphere. The force on the left side of the
piston can be twice as great as that on the right side, so the pressure in boost chamber A can become
twice as high as the supply pressure. When the piston moves to the end of its stroke, the switching
valve changes its position, which causes the piston to change direction. Thus, the booster regulator can
continuously exhaust high-pressure air.

However, the compressed air in the drive chamber is exhausted directly to the atmosphere with
each stroke, so considerable energy is wasted over a long run-time. In order to reuse this energy
to enhance the energy efficiency, and with reference to the expansion energy used (EEU) booster
proposed in the reference [7–9], a new booster regulator was proposed, as shown in Figure 2 (it is called
the VBA-R, corresponding to the old type of VBA). The drive and boost chambers are the same as a
traditional booster regulator. However, two more chambers (called recovery chambers) were added to
the middle to recover the exhausted energy, and a seven-way two-position (7/2) solenoid valve was
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introduced to control the air flow. There are also other elements, such as check valves, regulators and
magnetic rings, and so on.

Figure 1. Schematic of booster regulator (VBA). 1-Drive chamber A, 2-piston, 3-booster chamber A,
4-switching valve, 5-check valve, 6-booster chamber B, 7-piston rod, 8-drive chamber B, 9-regulator,
10-air source. The pressure is higher in red lines than in green lines.

Figure 2. Structure schematic diagram of booster regulator with energy recovery (VBA-R). 1: drive
chamber A, 2: piston, 3: booster chamber A, 4: air source, 5: recovery chamber A, 6: recovery chamber B,
7: check valve, 8: boost chamber B, 9: piston rod, 10: drive chamber B, 11: magnetic switch, 12: magnetic
ring, 13: 7/2 solenoid valve, 14: regulator, 15: power source.

When the piston is located at the left end, the magnetic signal was detected and the position of the
7/2 solenoid valve was set as shown in Figure 2. The compressed air flows into drive chamber A and
boost chamber B. The piston then moves from left to right, and the air in boost chamber A is further
compressed so that the pressure becomes higher than the supply pressure. The compressed air in drive
chamber B, instead of exhausting to the atmosphere, flows into recovery chamber A through the 7/2
solenoid valve, and the recovered air is reused to move the piston. It also helps to increase the area
of difference so that the boost ratio can be further enhanced. After the piston moves to the right end,
an impulse signal is detected once again, and the 7/2 solenoid valve changes its position so that the
piston can move in a reciprocating manner and continuously discharge high-pressure air. When the
booster regulator works with a different load, the boost ratio can be set by adjusting regulator 14 to
output a different air pressure.
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3. Energy Efficiency Evaluation Method for Booster Regulator with Energy Recovery (VBA-R)

The compressed air is recovered by recovery chambers, rather than being exhausted to the
atmosphere, through the 7/2 solenoid valve; thus, it helps to raise the boost ratio. On the other hand,
the energy is reused in order to improve the energy efficiency of the booster regulator. However,
the evaluation methods of energy efficiency for PBRs should be proposed first, in order to assess the
performance improvements. Here, we introduced the concept of air power to calculate the energy
input or output of a booster regulator system.

3.1. Concept of Air Power

According to Cai and Kagawa [17], air power is defined as the work-producing potential of
compressed air. In this definition, the atmosphere is set as the reference state. In the other words, the
pneumatic system is supposed to work in the atmosphere. The advantage of air power is that it is
independent of the air source and only depends on the current state of air. It is expressed as follows:

P = paQa

[
ln

p
pa

+
κ

κ − 1

(
θ

θa
− 1 − ln

θ

θa

)]
(1)

Equation (1) indicates that the air power depends on the pressure, flow rate and temperature.
However, Cai [17] verified that, when the range of change of air temperature is less than 50 K,
the change rate of air power is less than 3%. In modern pneumatic systems, an air dryer and air cooler
are essential equipment, so the temperature is almost the same as the atmosphere, meaning the effects
of temperature can be neglected. Thus, Equation (1) can be simplified as follows:

P = paQa ln
p
pa

(2)

Then, the air power depends only on the pressure and flow rate and is zero when the pressure
is the same as the atmosphere. Air power is different from hydraulic power due to the fact that air
can be compressed. Therefore, in addition to transmission energy, it also includes expansion energy.
However, we will not distinguish between these two kinds of air power because both of them are input
to the booster regulator system.

3.2. Energy Efficiency of Booster Regulator

In practical applications, a tank is always used with a booster regulator to decrease pressure
fluctuations. Therefore, the real output is the pressure in the tank, which is lower than the pressure
in the chamber of the booster regulator (this will be proved later). To assess the energy efficiency of
a booster regulator, considering the application and the definition of efficiency, the energy efficiency of
a booster regulator is defined as the ratio of the energy output (air flow out of the tank) to the energy
input (air flow in the boost and drive chambers). It is defined as:

η =
Et

Ebc + Edc
(3)

Combining the air power proposed in Equation (2), the energy flow in the booster regulator in
each cycle is:

Ebc + Edc =
∫ T

0
pa(Qbc + Qdc) ln

ps

pa
dt = pa(Vbc + Vdc) ln

ps

pa
(4)

It is obvious that the energy input depends only on the supply pressure, because the volume
of each chamber is constant. When the supply pressure increases, more energy is consumed by the
pneumatic booster regulator system.

Energy output, like the energy input, is the integral of air power flowing out the tank in each
cycle, and it can be written as:
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Et =
∫ T

0
paQa ln(pt/pa)dt (5)

Pressure fluctuations in the tank lead to simultaneous fluctuations of the flow rate, so it is hard to
calculate the energy output directly. However, if the tank is large enough, we could suppose that the
fluctuation is small and can be neglected. When the system is running steadily, the flows in and out of
the chambers are equal to the volume of the boost chamber. Therefore, we substitute Equations (4) and
(5) into Equation (3), and the energy efficiency of the booster regulator system can be obtained as:

η =
Et

Ebc + Edc
=

ln(pt/pa)

(1 + Vdc/Vbc) ln(ps/pa)
(6)

where pt is the pressure in the tank and the ratio of pt to ps is defined as the boost ratio, which reflects
the boost capability of the booster regulator. Therefore, Equation (6) intuitively indicates that the
energy efficiency depends only on the supply pressure and boost ratio because the volume of each
chamber is constant. The greater the boost ratio or the lower the supply pressure is, the higher the
energy efficiency is. To understand the energy efficiency, it is necessary to identify the boost ratio of
the system. Therefore, we will discuss the pressure response characteristics of the VBA-R.

3.3. Pressure Response of VBA-R

To facilitate the model, the assumptions are given first as follows:

(1) Air is an ideal gas and it satisfies the ideal gas state equation;
(2) The initial temperature of air in each chamber is the same as the atmosphere, and so is the

air source;
(3) The dead volume of each chamber is very small and can be set as the same;
(4) The air tank can exchange heat sufficiently with the surroundings, and it can be considered as an

isothermal tank.

3.3.1. Flow Rate Characteristics Equation

The air flows in and out of the chambers through the check valve or throttle valve, and all of
the mass flow rate of air can be calculated based on the equations given in ISO6358 [18]. However,
when we used these equations in the numerical simulation, it was unstable for an accurate simulation
and we had to set the steps to be very small in order to avoid divergence. Because of this numerical
inaccuracy, the pressure ratio may surpass 1 when it is close to 1, which then leads to a negative value
under the radical sign. This might lead to unknown errors or uncertain results, which would stop the
simulation. To avoid these problems, we introduced the laminar flow model proposed by Kaasa [19]
for use when the pressure ratio is approximately 1. In that model, subsonic flow is taken as laminar
flow when the pressure ratio is greater than β (β ranges 0.995 to 0.999). Then, a redefined flow rate
characteristic equation can be given as:

G =

⎧⎪⎪⎪⎪⎪⎨⎪⎪⎪⎪⎪⎩

k1 p1

(
1 − p2

p1

)√
θ0
θ1

p2
p1

≥ β

Cpρ0

√
θ0
θ1

(
1 −

( p2
p1
−b

1−b

)2
)0.5

b < p2
p1

< β′

Cp1ρ0

√
θ0
θ1

p2
p1

≤ b

(7)

where k1 is the linear gain:

k1 =
1

1 − β
· C · ρ0

√
1 −

(
β − b
1 − b

)2
(8)
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3.3.2. Gas State Equation

The pressure, temperature and volume all change with the movement of the piston. However,
these state quantities of air always satisfy the gas state equation according to assumption (1).
By differentiating the state equation with time, the pressure response in the charge and discharge
chambers can be obtained as:

Vc
dpc

dt
= GcRθc − pcScu +

pcVc

θc

dθc

dt
(9)

Vd
dpd
dt

= −GdRθd + pdSdu +
pdVd

θd

dθd
dt

(10)

3.3.3. Energy Conservation Equation

Air flows in or out of the chambers whenever the booster regulator is working, and we
have assumed that there is no leakage in the system. Therefore, the system can be considered
as a variable-mass system that satisfies the energy conservation equation. Then the temperature
response [20] in the chambers can be obtained as shown in Equations (11) and (12).

mccv
dθc

dt
= cvGc(θa − θc) + RθaGc − pcScu + hShc(θa − θc) (11)

mdcv
dθd
dt

= −RθdGd + pdSdu + hShd(θa − θd) (12)

3.3.4. Kinematic Equation of Piston

In the Figure 2, the pressure acts on the six surfaces of the piston. Therefore, the kinematic
equation of the piston can be derived from Newton’s second law:

M
du
dt

= (pda − pdb)Sda + (pra − prb)Sra + (pbb − pba)Sba − Ff (13)

The friction force of the piston in the pneumatic cylinder is so complex that many models have
been used to describe it, such as the Coulomb sliding model, Viscous model and Striberk model [21].
Of these, the Striberk model has the best accuracy, but there are so many parameters that it is hard
to confirm them because the booster regulator is a closed system. Therefore, we adopted a mixed
friction model based on the Coulomb and Viscous models. This model has a high accuracy and has
been verified in the motion control of a cylinder [22]. The friction force is:

Ff = cu + Fc (14)

3.3.5. Pressure Response in Tank

A booster regulator is always used with a tank to restrain the pressure fluctuations. The flow rate
output of a booster system depends on the pressure in the tank, which is also affected by the boost
ratio of the booster regulator. Whenever the system is working, air flows out the tank to drive the load,
but the tank is charged by the booster regulator at the same time. According to Equation (7), the output
flow rate rises with increasing pressure in the tank, then the pressure in the tank decreases. Meanwhile,
the output flow rate from the booster regulator dynamically decreases or increases with the changing
pressure in the tank. Thus, the equilibrium pressure develops in the tank. This is a simple self-balance
system, and if the air consumption grows with the downstream load, the pressure in the tank will
dynamically adjust and will tend to balance after fluctuating for a period of time. The charge and
discharge model of the tank is simplified, as shown in Figure 3. The inlet is a check valve; its opening
depends on the pressure difference between the booster regulator and tank, and the flow rate changes
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dynamically as it opens. The outlet is a throttle valve, and we simulated different loads by adjusting
its opening.

Figure 3. Pressure response model of tank.

The tank was regarded as an isothermal chamber (ITC) because the wall area was large enough
to exchange heat sufficiently with the atmosphere. Then, the gas state equation could be simplified,
as the change of temperature could be neglected. Thus, the pressure response in the tank could be
obtained as Equation (15) by differentiating the gas state equation:

dpt

dt
=

1
Vt

G′Rθa (15)

where G’ is the net flow rate of the tank, which is affected by the booster regulator, tank and downstream
load. Equation (15) also indicates that the pressure differential is proportional to the net flow rate for
an ITC.

The check valve (AKH10-00, SMC, Tokyo, Japan) was used in the experiment, and the air
flowing into the tank depended on its flow-rate characteristics. According to the supplier catalogue,
the cracking pressure of the valve is 5 kPa, its sonic conductance is 4.8 × 10−8 (m3/(s Pa)), and its
critical pressure ratio is 0.5. We assume that the check valve will fully open once the pressure reaches
the cracking pressure. The flow rate characteristics changes with the pressure difference and can then
be expressed as:

Cch =

{
0 (pbr − pt < 5kPa)
4.8 × 10−8 (pbr − pt ≥ 5kPa)

Although the critical pressure ratio is also affected by the pressure difference [23], it is very small,
so we set it as constant in the simulation. By substituting these parameters into Equation (7), we can
obtain the flow rate into or out of the tank. Therefore, the net flow rate can be calculated by:

G′ = Gch − Gth (16)

When we calculated Gth, the downstream pressure was set as constant (atmosphere) because
we used a throttle valve to simulate the load. However, in practical application, it should be set by
considering the pressure of the load. By analysing Equations (15) and (16), we recognised that the
pressure in the tank would fluctuate with variations of the net flow rate.

4. Simulation and Experiment on VBA-R

4.1. Simulation Model

The mathematical model was established in the previous section; this was solved with
MATLAB/Simulink software (MathWorks, Natick, MA, USA). There are six chambers in the VBA-R,
and each chamber has three control equations. Considering the air power, piston motion and pressure
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response in the tank, more than twenty equations need to be solved. It is difficult work to model all of
the chambers one by one. However, when the piston moves in a left or right stroke, three chambers
are charged while the others are discharged, and all of them interchange during each stroke. We also
found that, whether the chambers’ volumes changed or not, they could be described by a lumped
parameter model with three control equations; the only differences were the structure parameters of
the chambers. Thus, we could utilise this peculiarity and only two kinds of chambers needed to be
modelled. The tank could be thought of as a particular chamber whose piston was fixed.

Therefore, the discharge chambers can be described by Equations (7), (10) and (12), and the charge
chambers can be described by Equations (7), (9) and (11). For the fixed chambers, u can be set to zero;
for isothermal chambers, dθ/dt can be set to zero. We needed to model only five standard subsystems
and redefine the structure parameters during the simulation, which helped to improve the efficiency
of the modelling.

A flow chart of the simulation programme was created, as shown in Figure 4, and the simulation
model was established using the standard subsystems. For the simulation, it was necessary to
automatically judge the stroke end. Then, the variable step size was selected to improve the calculation
efficiency, and the solver was set as ode45 (Dormand–Prince).

Figure 4. Flow chart of simulation programme.

4.2. Energy Efficiency Test

To assess the energy efficiency of the booster regulator, an air power metre (APM) [24] was used to
measure the energy input and output. The core element of an APM is its quick laminar flow rate sensor,
which can convert the pressure and flow rate into air power based on Equation (2). The real-time
energy consumption can also be monitored by integrating the air power.
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The experiment circuit was configured as shown in Figure 5. It consisted of a precision regulator
(IR3020-02A, SMC, Tokyo, Japan), a booster regulator (VBA20A-03, SMC, Tokyo, Japan; VBA-R),
two APMs (APM-L-800s, TOKYO METER, Tokyo, Japan), an air tank (VBAT10A1-15, SMC, Tokyo,
Japan), a pressure sensor (AP-13S, KEYENCE, Osaka, Japan), a throttle valve (AS300, SMC, Tokyo,
Japan), and a data acquisition card (TNS6810, INTERFACE, Hiroshima, Japan). The accuracy of the
APM and pressure sensor were ±2% F.S. and ±0.5% F.S., respectively.

Figure 5. Schematic diagram of booster regulator test. 1: air source, 2: regulator, 3: air power metre
(APM), 4: booster regulator, 5: air tank, 6: APM, 7: throttle valve, 8: silencer, 9: pressure sensor.

To verify the energy recovery performance considering the cost and period, we used an alternative
method rather than manufacture a new VBA-R. The experimental apparatuses used to verify the
energy recovery of the VBA-R are shown in Figure 6. According to the structure shown in Figure 2,
a double-acting, double-rod cylinder (CG1WLN, SMC, Tokyo, Japan) and two double-acting, single-rod
cylinders (CDG1YL, SMC, Tokyo, Japan) were assembled together. The 7/2 solenoid valve was replaced
by two 5/2 solenoid valves (SV3200R, SMC, Tokyo, Japan), which were connected in parallel and
controlled by a programmable logic controller (PLC).

Figure 6. Schematic diagram of VBA-R. 1,2,3,4: check valve, 5,6: auto switch, 7,9: single-rod cylinder, 8:
double-rod cylinder, 10,11: 5/2 solenoid valve.

The details of experiment apparatuses are listed in Table 1.
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Table 1. Main equipment and their parameters.

Components Model Parameters

Cylinder CDG1YL63
CG1WLN80

L:100 mm; D:63 mm
L:100 mm; D:80 mm

Solenoid valve SV3200R C:4.5 × 10−8 m3/(s·Pa); b:0.3
Check valve AKH10-00 C:4.8 × 10−8 m3/(s·Pa); b:0.3

Throttle valve AS300 C:2.7 × 10−8 m3/(s·Pa); b:0.2
PLC FX1s-20MR -

F.R.L Units AC40D 800 dm3/min
0.05–0.7 MPa

Air power meter APM-L-800s 8–800 dm3/min
0–1.2 kW

Pressure sensor ISE80H 0–1.0 MPa

Booster regulator VBA20A-03 1 m3/min
0.2–1.0 MPa

Tank VBAT10A1-15 10 dm3

DAQ card TNS6810 -

With this equipment, the configuration of the experiments corresponding to Figures 5 and 6 are
shown in Figure 7.

Figure 7. Test rig of energy efficiency test, (a) test of VBA and (b) test of VBA-R.

In the test circuit, the APM was mounted at the outlet of tank instead of the booster regulator.
As we know, the cheque valve opens only when the pressure in the boost chamber is larger than
that in the tank. In that situation, the cheque valve opened intermittently, and air was exhausted in
an unsteady flow. The flow rate during unsteady flow is difficult to measure accurately. However,
the flow rate output from the tank was almost steady for the constant load, which was easy to measure.

5. Results and Discussion

5.1. Experiment Results

With the experiment system, the main characteristics of the VBA-R were measured as shown in
Figures 8 and 9. Figure 8 shows the pressure response in the tank: the pressure gradually increases
and then becomes steady. There is a slightly greater time-delay in the response of the experiment
than in the simulation at the beginning of air charging, which is due to the isothermal assumption in
Equation (15). However, the deviation is within the uncertainty of the system (mainly sensor errors)
and can be neglected. Therefore, we believe the experiment results are in good agreement with the
simulation. Figure 9 shows the air power output from the tank, and the regularity of change is similar
to the pressure.
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Figure 8. Pressure response in the tank.

Figure 9. Air power output from the system.

The mathematical model was verified by experiments, and the simulation model was used to
study the other characteristics and the influences of different parameters.

5.2. Characteristics of VBA-R

The simulation model was established in Section 4, and its main parameters are shown in Table 2.
Then the characteristics of VBA-R were obtained and shown in Figures 10–13, which included the
dynamic characteristics of the piston and the pressure response in the boost chamber and tank.

Table 2. Parameters and values used in the simulation.

Parameters
Piston

Diameter (mm)
Piston Rod

Diameter (mm)
Stroke
(mm)

Supply Pressure
(kPa(abs))

Atmosphere
Temperature (K)

Sonic Conductance of
Throttle Valve (m3/(s·Pa))

Tank
Volume (L)

VBA-R Dba = 63,
Dra = 80 10 100 300 293 2.79 × 10−9 5.0
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Figure 10. Curves of piston velocity and displacement.

Figure 11. Pressure/flow rate response of VBA-R and tank.

Figure 12. Pressure response with different loads.
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Figure 13. Pressure fluctuations in the tank.

Figure 10 gives the motion characteristics of the piston. When the piston changes its direction,
a slight fluctuation occurs because we forced the piston to change its direction at the end of its stroke
in the simulation. This would not happen in reality because of the existence of the air buffer.

Figures 11 and 12 reflect the outputs of the VBA-R and tank. In the Figure 11, it is clear that the
outputs of the tank are smaller than those of the booster regulator for both pressure and flow rate.
It also suggests that the outputs of the booster regulator are unsteady and discontinuous. Figure 12
further proves that the output pressure of the tank is less than that of the booster regulator, and with
increasing load, the boost ratio decreases sharply. This must be seriously considered when choosing a
booster regulator.

Figure 13 indicates that the pressure in the tank fluctuates, but it is much steadier than the booster
regulator when compared with the pressure response in Figures 11 and 12. We also found that the
fluctuations get smaller as the tank volume increases. This is a good reference for when we match a
tank with a booster regulator.

5.3. Energy Efficiency of VBA-R

Equation (6) suggests that the energy efficiency was mainly affected by the supply pressure and
boost ratio. However, when the supply pressure was constant, the boost ratio changed with the flow
rate consumed by the load. Beyond this, the structure was considered to be proposed as a design
reference. The parameters were changed to identify the influence of supply pressure and boost ratio.

5.3.1. Effect of Supply Pressure and Flow Rate

Based on the concept of air power, the pressure is inversely proportional to the flow rate based
on energy conservation. Then, considering the flow rate characteristics, the energy efficiency was
obtained as shown in Figure 14. As the supply pressure increases, the energy efficiency curves move
down when the flow rate is small and they move up as the flow rate increases. To understand this
phenomenon, we have to consider the results shown in Section 5.4.1 and Equation (6). According to
Equation (6), the energy efficiency gets lower with increasing supply pressure or decreasing boost ratio.
From Section 5.4.1, it can be seen that the boost ratio increases with increasing supply pressure, and the
losses always increase with increasing supply pressure. Therefore, based on an overall consideration
of these factors, the energy efficiency gets smaller with increasing supply pressure, but it is relatively
stable for an improving boost ratio. In other words, the boost ratio can compensate for the energy
efficiency loss caused by that increasing supply pressure.
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Figure 14 also suggests that, when the pressure is constant, the more the flow rate is, the less the
energy efficiency is. Therefore, it better to use a booster regulator with a small flow rate. If the flow
consumption is large, a high supply pressure has a much better efficiency.

Figure 14. Energy efficiency of VBA-R.

5.3.2. Effect of Diameter Ratio

Figure 2 gives the structure of the VBA-R, which we have claimed helps energy recovery. However,
when we considered this again, we found that the pressure in the drive chamber had simultaneously
done negative work. With an increase of the recovery chamber diameter, the volume increased,
which lead the recovery pressure to decrease. Therefore, it should be confirmed carefully whether
the force on the piston in the recovery chamber is increasing or decreasing. This also affected the
energy efficiency of the VBA-R, so we changed the diameters to study the influence of the diameter
ratio (the ratio of the recovery chamber diameter to the drive chamber diameter, D2/D1) in order to
properly select the design parameters.

The change of boost ratio with D2/D1 is shown in Figure 15, when all other parameters are
constant. It is clear that the boost ratio increases first and then decreases, and the boost ratio reaches
its greatest value when the diameter ratio is nearly 1.3. The variation of energy efficiency is depicted
in Figure 16, in which the energy efficiency decreases with increasing supply pressure. The energy
efficiency reaches its largest value for different supply pressures when the diameter ratio is closest
to 1.3.

Figure 15. Relationship between boost ratio and diameter ratio.
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Figure 16. Relationship between energy efficiency and diameter ratio.

5.3.3. Effect of Operate Conditions

There are different demands in practical applications, and, according to the different operating
conditions, we hope to achieve higher energy efficiency. We made a comparison between two kinds of
operation conditions, as shown in Figure 17. In these two conditions, the energy efficiency difference
was up to 20%. We analysed previously that, as the supply pressure or flow rate increased, the energy
efficiency decreased. Thus, in a practical application, it is better to use a booster regulator with a high
boost ratio.

Figure 17. Efficiency under different operating conditions.

In Figure 18, the influence of boost ratio was further verified, and the result was consistent with
the analysis according to Equation (6), which indicated that the energy efficiency gets higher with
decreasing supply pressure or increasing boost ratio. However, the boost ratio gets smaller with
decreasing supply pressure, so we should comprehensively consider these factors in order to obtain
higher efficiency.
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Figure 18. Efficiency under different boost ratios.

5.4. Comparison of VBA and VBA-R

The VBA-R was designed as an updated version of the VBA, so a performance comparison and
assessment are essential. Flow-rate characteristics are the basic performance indicator that should
be considered first for pneumatic components. We added energy efficiency as another index for the
booster regulator: it also can be referred to in the design of other pneumatic components by introducing
the concept of air power.

5.4.1. Comparison of Flow-Rate Characteristics

The flow rate characteristics of the VBA and VBA-R are shown in Figure 19. It is clear that,
with the same supply pressure, the output pressure of the VBA-R is much higher. The largest boost
ratio of the VBA is two-times as much as the supply pressure, but that of the VBA-R is even greater.
This directly indicates that the recovery energy is used to push the piston, and then the boost ratio
enhances it. However, as Figure 15 shows, we must select the diameter ratio properly to obtain the
best performance.

Figure 19. Flow rate characteristics of booster regulator system.
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5.4.2. Comparison of Energy Efficiency

To verify that the recovery energy helps improve the energy efficiency, the VBA and VBA-R
were compared as shown in Figure 20. It is clear that, as the supply pressure increases, the energy
efficiency decreases. However, with the help of the recovery chamber, the efficiency of the VBA-R is
always 5–10% higher than that of the VBA. Once again, this proves the performance improvement of
the VBA-R.

Figure 20. Comparison of VBA and VBA-R.

6. Conclusions

A new pneumatic booster regulator with energy recovery was proposed and its energy efficiency
characteristics were modelled by considering the tank. It was consistent with the application of
a booster regulator system. With this model, the energy efficiency was confirmed by using the
concept of air power. Then, the effects of various factors on energy efficiency were comprehensively
analysed, and the performance improvement of the VBA-R was verified by comparing it with the VBA.
The conclusions can be summarised as follows:

(1) The system outputs, especially the pressure, were less than those of the booster regulator.
When the air consumption increased, the boost ability decreased, and the tank output became
much smaller;

(2) The energy efficiency was directly affected by the supply pressure, and it decreased with
increasing supply pressure or decreasing boost ratio;

(3) When the supply pressure was constant, the energy efficiency decreased with the flow rate
consumed by an increasing load;

(4) Both the boost ratio and energy efficiency increased first and then decreased with the increasing
recovery chamber diameter. When the diameter ratio was close to 1.3, the VBA-R has the largest
boost ratio and energy efficiency;

(5) The recovery chamber helped improve the boost ratio by 15–25% and energy efficiency by 5–10%
under different operating conditions. Thus, it will save energy over long running times.
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Nomenclature

b critical pressure ratio
c viscous friction coefficient
C sonic conductance [m3/(s Pa)]
cv volumetric specific heat [J/(kg K)]
cp pressure specific heat [J/(kg K)]
D piston diameter [m]
E energy of air [J]
Ff frictional force [N]
G mass flow rate [kg/s]
h heat transfer coefficient [W/(m2 K)]
H enthalpy [J]
κ specific heat index
M mass of piston [kg]
η energy efficiency
R gas state constant, 287 [J/(kg K)]
ρ density [kg/m3]
p pressure [Pa]
P air power [W]
q heat exchange [J]
Q volume flow rate [m3/s]
S section area of piston [m2]
t time [s]
T cycle of booster regulator [s]
θ temperature [K]
u velocity of piston [m/s]
U internal energy [J]
V volume of chamber [m3]
Subscript
0 standard state of atmosphere [20 ◦C,100 kPa]
1 upstream
2 downstream
ba/bb boost chamber A/B
da/db drive chamber A/B
ra/rb recovery chamber A/B
bc/dc boost/drive chamber
a state of atmosphere
c charge chamber
d discharge chamber
t air tank
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Featured Application: The obtained data and model from the research can be useful for the

design of a pneumatic braking system and the development of advanced brake control strategy

with respect to multi-axle heavy vehicles in the future.

Abstract: This study aims to investigate the hysteresis characteristics of a pneumatic braking system
for multi-axle heavy vehicles (MHVs). Hysteresis affects emergency braking performance severely.
The fact that MHVs have a large size and complex structure leads to more nonlinear coupling property
of the pneumatic braking system compared to normal two-axle vehicles. Thus, theoretical analysis
and simulation are not enough when studying hysteresis. In this article, the hysteresis of a pneumatic
brake system for an eight-axle vehicle in an emergency braking situation is studied based on a novel
test bench. A servo drive device is applied to simulate the driver’s braking intensions normally
expressed by opening or moving speed of the brake pedal. With a reasonable arrangement of sensors
and the NI LabVIEW platform, both the delay time of eight loops and the response time of each
subassembly in a single loop are detected in real time. The outcomes of the experiment show that the
delay time of each loop gets longer with the increase of pedal opening, and a quadratic relationship
exists between them. Based on this, the pressure transient in the system is fitted to a first-order plus
time delay model. Besides, the response time of treadle valve and controlling pipeline accounts for
more than 80% of the loop’s total delay time, indicating that these two subassemblies are the main
contributors to the hysteresis effect.

Keywords: hysteresis effect; pneumatic braking system; multi-axle heavy vehicle; emergency braking

1. Introduction

Multi-axle heavy vehicles (MHVs) are usually used as land transport platforms for large-scale
equipment. Compared with ordinary vehicles, MHVs have large inertia and a long wheelbase, and they
usually work in complicated and changeable driving conditions. Hence, good braking performance
is an important guarantee for fast maneuvering and safe driving. At present, the pneumatic braking
system (PBS) is widely employed in MHVs with the advantages of large braking force, good reliability
and easy maintenance [1].

Due to compressibility of gas, PBS will inevitably perform a hysteresis effect, which may easily lead
to serious traffic accident in an emergency braking condition [2]. For example, when a vehicle runs at
a normal speed of 20 m/s (approximately 70 km/h), if the braking time is delayed 0.5 s, the braking
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distance will increase by nearly 10 m. This delay could lead to heavy longitudinal loads along the vehicle
instantaneously [3]. The consequences will be more serious for the MHV owing to its large inertia.

Currently, electronic brake systems (EBSs), electronic brake force distribution (EBD) and other
advanced control technologies have been successfully applied to the majority of passenger cars, while
the applications on MHV are still relatively narrow and immature [4]. In this case, scholars have
undertaken a large amount of related research recently, and various technologies have been proposed
and successfully implemented for better pneumatic braking performance of MHVs, including sliding
mode controllers [5–7], nonlinear model predictive controllers [8], indirect adaptive robust controllers
(IARC) [9], and novel braking actuators [10]. Nevertheless, the braking performance of MHV is still
much poorer than that of the passenger car [7]. The reason may be the following. Most of these
studies have paid much attention only to the optimization and improvement of braking control
strategies [11]. Actually, the response time of valves as well as the long pipeline length tremendously
limit the performance of the pneumatic brake system, making it harder to control [9,12]. Therefore,
the properties of PBS itself is the basis for studying braking control strategies.

Hysteresis is an inherent property of the PBS, which with no doubt has a significant impact
on braking performance. Research on hysteresis characteristics can be divided into the system
level and component level. Most literature has focused on the latter, such as treadle valves [13],
brake pipelines [14], relay valves [15], proportional valves [16], and other subassemblies. However,
subassemblies in a loop are connected to each other and affect each other; analysis of individual
subassembly seems to be insufficient. In terms of the system level, Selvaraj [17] and He [18] established
simulation models of the PBS on two-axle vehicles using AMEsim (Advanced Modeling Environment
for performing Simulation of engineering systems) and MWorks, respectively. Pugi and his team [3,19]
have conducted in-depth research on the pneumatic braking plant of a railway vehicle and established
a complete parametric simulation library using Matlab-Simulink, which makes customizable design
possible. As for MHVs, existing literature concerned with the hysteresis effect is rare, and the few
accessible studies mainly concentrate on road tests [20]. However, road tests imply high risk, have high
costs, and involve a limited range of working conditions. In addition, sensors are not easily placed or
replaced on subassemblies after the vehicle is completely assembled. Hence, a test bench for studying
hysteresis characteristics of PBS for MHV is necessary.

A PBS on an MHV is usually composed of a service brake circuit, a parking brake circuit and
an auxiliary braking circuit. When a driver encounters an emergency braking condition, pushing the
brake pedal is probably the most common behavior. Therefore, the opening and moving speed of the
pedal directly reflect the driver’s braking intentions, and they have the most direct influence on the
hysteresis effect of the PBS since the brake pedal is the power source of the service brake circuit [21,22].
Hence, this paper pays more attention to the service brake circuit.

In this paper, a novel test bench of PBS for an 8-axle vehicle is described in detail. The influence
of opening and moving speed of the brake pedal, as well as the response time of subassemblies on
hysteresis effect in service braking circuit is analyzed. This research may provide a reference for further
experimental study of hysteresis effect of the PBS, and the obtained data and laws may be useful for
system design or the development of advanced control strategy on MHVs in the future.

2. System Principle

A PBS in an MHV is briefly shown in Figure 1. The system is composed of service brake circuit
and parking brake circuit. Usually, double circuits are employed in the service brake circuit, just for
avoiding the braking failure in case one of the two circuits has stochastic fault. Each circuit in the
system mainly consists of gas reservoirs, control valves, brake chambers and brakes. The gas source of
the whole vehicle is provided by an air compressor and stored in a main reservoir with large capacity
as well as several normal ones with relatively small capacity. Control valves mainly comprise a hand
brake valve and a treadle valve located in the cab, several relay valves, and delay relay valves arranged
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in the rear axle of the chassis. Drum brakes, which can offer more powerful braking force compared to
disc brakes, are widely used in MHVs [23].

Figure 1. Schematic diagram of a pneumatic braking system (PBS) on a multi-axle heavy vehicle
(MHV) (1—gas reservoir; 2—Treadle valve; 3—Hand brake valve; 4—Relay valve; 5—Delay relay valve;
6—Wheel; 7—Brake chamber; 8—Spring brake chamber).

The structure of the service brake circuit of a PBS on MHV can be simplified as shown in Figure 2.
This circuit is made up of three parts: the gas supply part, pneumatic transmission part and mechanical
actuator part. In this paper, we focus on the pneumatic transmission part because hysteresis is mainly
caused by the long-distance pressure transmission in this part [24]. A complete working procedure
of the service brake can be divided into the brake process, brake keeping process and brake release
process. Taking the S-cam drum brake as an example, the working procedure can be described as
follows. When encountering an emergency braking situation, the driver steps on the brake pedal
quickly and the treadle valve is opened soon; this behavior meters out the compressed gas from the
supply ports (port 11 and 12) of the treadle valve to its delivery ports (port 21 and 22). Then, the
compressed gas travels to port 4 of the relay value through controlling pipeline, making the relay value
open. Next, high-pressure gas moves into the brake chamber through braking pipeline and presses the
diaphragm, pushing the plunger out. The ejected plunger then drives the brake arm, rotating the S-cam
and expanding the brake shoes. As a result, the pads produce a friction torque, compelling the rotating
hub to stop quickly. When the brake pedal is released by the driver, the gas is rapidly exhausted from
the brake chamber, resulting in the opposite rotating direction of the S-cam. Subsequently, the contact
between the pad and the hub is broken and the brake is finally released.

 

Figure 2. Structure of the service brake circuit of a PBS.
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3. Test System Design

3.1. General Setup

Referring to a real-world 8-axle vehicle, the test bench of PBS for an eight-axle vehicle is designed
as shown in Figure 3. The test bench is composed of two parts, the operation desk and control desk.

 
Figure 3. Schematic diagram of the test bench (all the sensors are connected to the data acquisition
cards). TCP: transmission control protocol; IP: internet protocol; DAQ: data acquisition.

(1) The operation desk consists of gas supply devices, servo drive device, valves, pipelines, and
load simulators; the test bench is shown in Figure 4. The gas supply device consists of several
reservoirs and a pressure-regulating valve used for setting the working pressure of the system,
as displayed in Figure 4b. A low-friction and high-precision linear servo drive device is used to
drive the treadle valve, so as to accurately simulate the driver’s intensions expressed by pedal
opening and moving speed. It is composed of a servo motor and screw transmission, as shown in
Figure 5. Sixteen load simulators (manual control) made up of disc springs are applied to simulate
different load torques of 16 wheels. The force sensor arranged between the brake chamber and
load simulator is used for detecting the brake force. In order to avoid function failure or error
accumulation of subassemblies, these used key pneumatic components are calibrated beforehand
on a specific test bench, as shown in Figure 4c.

(2) The control desk is composed of hardware and software. The hardware includes an Advantech
610H industrial personal computer (IPC) (Advantech, Taipei, China), a Panasonic programmable
logic controller (PLC) ( Panasonic, Osaka, Japan), NI PCI-6229 data acquisition (DAQ) cards
(National Instruments, Austin, TX, USA) and fast-response sensors. Communication between
the PLC and the host computer is implemented through the object linking and embedding for
process control (OPC) protocol using the transmission control protocol (TCP)/internet protocol
(IP) interface. The test software is developed on the NI LabVIEW platform (version 14.0, National
Instruments, Austin, TX, USA, 2014). The software has rich functions such as convenient data
acquisition, processing, preservation and real-time display.

3.2. Arrangement of Sensors

The layout of gas transmission path of PBS on the test bench is shown in Figure 6. There are
double service brake circuits, the front circuit including four loops (dark red) and the rear circuit
including the other four loops (magenta); each loop corresponds to an axle. The parking brake circuit
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(blue) is also described in the figure. Due to the symmetrical arrangement of two brake chambers on
one bridge, sensors are placed only in one side of the bridge.

Figure 4. Operation desk of the test bench (a) The main operation zone (b) Gas supply devices (c) A
specific test bench for calibrating the pneumatic subassemblies.

 

Figure 5. A servo drive device used for simulating driver’s braking intensions.

Hysteresis characteristics of PBS on an MHV are mainly displayed in two aspects. On one hand,
the delay time of each loop is different because of different gas transmission path. On the other
hand, the delay time of a certain loop is the accumulation of response time of each subassembly.
Both the times need to be detected on this test bench. In order to measure the delay time of each
loop in service brake circuit, pressure sensors marked fA, fB, fC, fD and rE, rF, rG, rH , are respectively
placed on the entrance of brake chamber in the front four loops and rear four loops,as shown in
Figure 6. To detect response time of each subassembly, pressure sensors marked fi, ri(i = 1, 2, 3, 4) are
respectively laid on the C-loop in the front circuit and E-loop in the rear circuit (Note: f4, r4 are the
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same as fC, rE. A displacement sensor marked TD (Treadle displacement sensor) is used for measuring
pedal propulsion displacement, as shown in Figure 7.

Figure 6. Layout of gas transmission path of the PBS on the test bench. GSR: gas storage reservoir;
FR: front relay valve; DR: delay relay valve; RR: rear relay valve. A, B, C, D and E, F, G, H are front
four loops and rear four loops in the service brake circuit,respectively.

Figure 7. Arrangement of sensors. TD: treadle displacement sensor.
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3.3. Key Parameters of the Test Bench

Control valves in this experiment include the relay valve, treadle valve, hand brake valve and
delay relay valve; they are all produced by Westinghouse Air Brake Company (WABCO) and have
been offered by a vehicle research insitute. Brake chambers of the QF series are produced by the
Sanjiang Mechanical Company (Yibin, China). In order to obtain meaningful experimental results,
these key subassemblies are the same as the real ones equiped on a certain eight-axle heavy vehicle.
Gas supply pressure of the circuit is set at 800 kpa by the regulate valve shown in Figure 4b,which is
the rated working pressure according to the National Standard GB12676-1999. Considering the size on
a real-world eight-axle vehicle, the length of controlling pipeline is chosen as 4 m for the front circuit
and 10 m for the rear one on the test bench. Meawhile, the lengths of braking pipeline in loop A, D, E
and H are chosen as 1 m ,and in loop B, C, F and G as 2 m. Other key parameters are shown in Table 1.

Table 1. Key parameters of test bench. (FS: full scale).

Name Type Range Precision

Servo driver TJE075-S100 0–40 mm 0.5% FS (measurement)
1% FS (control)

Pressure sensor MEAS 0–1.6 Mpa 0.3% FS

Force sensor PST2T 0–20000 N 0.5% FS

Displacement sensor DA35 0–35 mm 0.5% FS

pipeline Φ10PA 0–2 Mpa -

Control valves WABCO -

3.4. Testing Conditions

In order to study the influence of opening and moving speed of the brake pedal on hysteresis
characteristics in service circuit, different propulsion displacements and action time of the servo drive
device were set in different testing conditions. As for the brake process and brake release process in
a certain condition, the two parameters were set the same except for the opposite moving direction of
the servo motor. The detailed testing groups are shown in Table 2. Firstly, in the first to the fifth groups,
the propulsion speeds (vT = l/t) were approximately equal while the displacements were different,
just for studying the relationship between hysteresis and opening. Secondly, in the fifth to the sixth
group the propulsion displacements were the same while speeds were different, just for studying the
relationship between hysteresis and moving speed. Given the fact that the rated stroke of pushrod in
the tested treadle valve is 15 mm, maximum propulsion displacement of the servo drive device was
set to 14 mm for protecting the valve. Each experiment group was repeated five times for less random
error, and their mean values were used for subsequent calculations.

Table 2. Testing conditions.

Group
Propulsion Displacement (l/mm)

(Brake and Brake Release)
Action Time (t/s)

(Brake and Brake Release)

1 6 0.20
2 8 0.27
3 10 0.33
4 12 0.40
5 14 0.46
6 14 2.50
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4. Results and Discussion

According to GB12676-1999(Road vehicle-braking systems-structure, performance and test
methods. China) and GB7258-2012(Safety specifications for power-driven vehicles operating on
roads. China), for a PBS, the delay time of a certain loop can be defined as follows,{

Δdel_up = tγp_up − tstart_up

Δdel_down = tγp_down − tstart_down
, (1)

where Δdel_up and Δdel_down are respectively the delay time in brake process and brake release process.
tstart_up is the time when the brake pedal starts to move to begin the brake process, while tstart_down
is the time when the brake pedal starts to move to begin the brake release process. Both of these are
measured by a TD sensor. tγp_up and tγp_up are the times when the pressure in the brake chamber
reach 75% and 15% of the steady value, and their corresponding pressures are marked as γp_up and
γp_down, respectively. For a clear description, the working procedure of a PBS is displayed in Figure 8.

Figure 8. The working procedure of the PBS.

4.1. Hysteresis Effect of 8 Axle

The experimental results obtained under the testing condition of group 1 are shown in Figure 9,
including the original data curve and the calculated delay time of eight axles based on Formula (1).
The standard deviation is used to weigh the random error. Moreover, the delay times of eight axles
under the testing conditions of all the testing groups are calculated as shown in Table 3. From this
table, we know that the delay time of each loop is different from each other in both the brake process
and brake release process. The asynchronous response of the multi-axle vehicle leads to different
braking torques on different axes at the same braking moment, which may seriously affect the braking
stability. The hysteresis effect in brake release process is relatively more obvious. This effect may lead
to an unexpected once-more brake action due to a slow gas exhaust of the loop, which will result in
difficult restarting of the vehicle. Therefore, when developing the hysteresis compensation control
strategy for multi-axle vehicle, different delay times of every loop both in the brake process and brake
release process should be taken into consideration.
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γ

γ

 

Figure 9. Hysteresis characteristic of PBS under the testing condition of group 1. (a) Original data
curves; (b) Delay time of eight loops in the brake process; (c) Delay time of eight loops in the brake
release process.

Table 3. Delay time of eight loops under the testing condition of all the groups.

Testing Groups

Loop
1 2 3 4 5 6

Up Dw Up Dw Up Dw Up Dw Up Dw Up Dw

Delay
Time/Δdel

A 0.38 0.48 0.42 0.62 0.48 0.72 0.58 0.88 0.67 1.02 2.49 2.66
B 0.31 0.45 0.34 0.51 0.42 0.73 0.50 0.84 0.62 0.93 2.41 2.63
C 0.37 0.47 0.36 0.55 0.45 0.72 0.52 0.83 0.61 0.95 2.42 2.67
D 0.39 0.53 0.42 0.65 0.49 0.78 0.61 0.86 0.66 1.04 2.47 2.71
E 0.47 0.55 0.52 0.67 0.55 0.81 0.68 0.92 0.72 1.10 2.56 2.73
F 0.41 0.54 0.45 0.62 0.52 0.75 0.65 0.89 0.70 1.04 2.50 2.68
G 0.42 0.53 0.46 0.63 0.53 0.76 0.67 0.91 0.72 1.06 2.52 2.69
H 0.48 0.59 0.55 0.69 0.57 0.83 0.69 0.97 0.78 1.12 2.57 2.75

Note: In this table, Δdel_up is denoted as “up”, Δdel_down is denoted as “dw”.

4.1.1. Relationship between Pedal Opening and Delay Time

The swing angle of the pedal arm or the linear displacement of the brake’s master cylinder is
usually used for evaluating the pedal opening [25]; the latter is adopted in this paper because of the
easily measured moving displacement of the servo drive device. Thus, the pedal opening can be
denoted as:
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0 ≤ ψ =
l

lmax
≤ 100%, (2)

where l is the measured displacement and lmax is the rated moving displacement, here lmax = 15 mm,
and ψ is the pedal opening. When analyzing the experimental results from group 1 to group 5 in
Table 3, we know that the delay time of each loop was not the same due to different pedal opening
though the pedal’s moving speeds being approximately equal. For the full eight loops, the delay time
of the rear four loops (E, F, G and H) are higher than the front four loops (A, B, C and D). For a certain
loop, the higher the pedal opening, the longer the delay time. In order to explore the quantitative
relationships between them, polynomial fitting is carried out for both the brake process and the brake
release process using least squares method.{

Δdel_up = K1_upψ2 + K2_upψ + Wup

Δdel_down = K1_downψ2 + K2_downψ + W
down

, (3)

where K1_up, K2_up, K1_down, K2_down are coefficient matrixes and Wup, Wdown are constant matrixes.
The fitting results are shown in Figure 10, and the corresponding fitting parameters are shown in Table 4.

The fitting coefficient of determination R2 can be calculated as follows,

R2 = 1 − ∑n
a=1 (ya − y′

a)
2

∑n
a=1 (ya − y)2 , (4)

where ya is the original data, y′
a is the obtained fitting data, y is the average value of the original data, and

n is the number of original data. Each calculated R2 is close to 1, indicating that the fitting is very good.

ψ

Δ

Δ
Δ

Δ
Δ

Figure 10. Relationships between pedal opening and delay time of eight loops. (a–h) refer to, respectively,
loop A, B, C, . . . , H. The curve with marker “o” is Δdel_up, and with marker “�” is Δdel_down.
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Table 4. Fitting parameters.

Loop
K1 K2 W R2

Up Down Up Down Up Down Up Down

A 0.597 0.290 −0.238 0.621 0.378 0.192 0.997 0.996
B 0.759 0.158 −0.423 0.746 0.356 0.109 0.998 0.985
C 0.754 0.117 −0.520 0.778 0.447 0.130 0.980 0.993
D 0.393 0.321 0.026 0.497 0.308 0.287 0.975 0.990
E 0.353 0.407 0.026 0.473 0.401 0.299 0.958 0.997
F 0.355 0.653 0.115 0.087 0.299 0.394 0.975 0.999
G 0.397 0.533 0.081 0.298 0.316 0.324 0.971 0.999
H 0.601 0.450 −0.243 0.409 0.488 0.352 0.977 0.998

4.1.2. First-Order Plus Time Delay Model

There is an obvious hysteresis of the PBS according to the above analysis. In this paper, a
simplified model of the system is proposed to benefit the further development of brake controller.
Considering the inherent hysteresis characteristics obtained in Section 4.1.1 and [26,27], the system can
be approximately fitted to a first-order plus time delay model. This model relates the opening of the
treadle valve and the pressure transient in the brake chamber. The governing equation of the model
can be described like this,

T
dP(t)

dt
+ P(t) = Ku(t − τ), (5)

where T is the time constant of the system, K is the gain, and τ is the delay time. P(t) and u(t) are the
output and input of the system. Here, they refer to the pressure transients in the brake chamber and
the opening of the brake pedal, respectively. Taking the Laplace transform of the Equation (5), we
obtain the transfer function of the system.

G(s) =
Ke−τs

(Ts + 1)
, (6)

Figure 11 shows a schematic description of the first-order plus time delay model of the PBS. Past
research on the PBS has shown that the moving displacement of treadle valve plunger has a linear
relationship with the desired braking pressure. Therefore, according to Formula (2) we assume that
the relationship between pedal opening and the desired braking pressure can be expressed in Formula
(7). As for the parameter τ, it can be defined as Formula (8).

Pd = aψ + b, (7){
τup = Δdel_up − T̃up

τdown = Δdel_down − T̃down
, (8)

where a, b are constants, related to the type of the used treadle valve and brake pedal. τup, τdown are
the pure time delay of the system in brake process and brake release process, respectively. T̃up, T̃down
are the time constants related to T. Where T̃up is the time spent when the pressure in the chamber
varies from 0 to 75% of the steady value in brake process, T̃down is the time spent when the pressure in
the chamber varies from the steady value to 15% in the brake release process.

With the method of system identification, the simulation model of the system can be established.
In view of the deviation of hysteresis characteristics of each loop, eight loops correspond to eight
different models, as shown in Figure 12, and their relevant parameters are listed in (9). We find that
the models approximately coincide with the experimental results.
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Figure 11. A schematic description of the first-order plus time delay model.

Figure 12. First-order plus time delay models and experimental results of the eight loops with the
pedal opening 40%.

⎧⎪⎨⎪⎩
T = [ 0.124 0.118 0.075 0.170 0.114 0.171 0.169 0.184 ]

T̃up = [ 0.170 0.160 0.100 0.240 0.150 0.240 0.230 0.250 ]

T̃down = [ 0.210 0.200 0.130 0.300 0.200 0.310 0.300 0.330 ]

, (9)

Figure 13 shows the variation of the brake chamber pressure in the loop A when the brake pedal
opening is set at 67% and 93%, respectively. It can be observed that the simulation results agree
reasonably well with the experimental data in both the brake process and brake release process, which
validate the accuracy of the model. Models of other loops are validated as well.
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Figure 13. The variation of the brake chamber pressure with different pedal openings. (a) ψ = 67%;(b)
ψ = 93%.

4.1.3. Relationship between Moving Speed and Delay Time

When concentrating on the results of group 5 and group 6 in Table 3, we know that when the
pedal openings are the same, the faster the pedal is driven, the shorter the delay time is, and this law
exists in both the brake process and brake release process. According to literature [28], the moving
speed of brake pedal is easily influenced by driver’s driving habits, so it is not advisable to be used as
the parameter for recognizing driver’s braking intention directly. Therefore, this paper does not pay
much attention to the relationship between moving speed and delay time.

4.2. Response Time of Subassemblies in a Single Axle

Subassemblies in a single loop consist of treadle valve, control pipeline, relay valve, brake pipeline
and brake chamber. Delay time of a loop is the accumulation of the response time of each subassembly.
Sensors used for measuring the response time are arranged as shown in Figure 7. t(up,down)

res_( f ,r)j (j = 1, 2, 3, 4)
represents the response time of each subassembly in the front (C) or rear (E) loop in brake process
or brake release process. Specifically, t(up,down)

res_( f ,r)1 , t(up,down)
res_( f ,r)2 , t(up,down)

res_( f ,r)3 , t(up,down)
res_( f ,r)4 represents the response

time of treadle valve, controlling pipeline, relay valve and braking pipeline, respectively. Hence, the
delay time of the two loops can be described as,⎧⎪⎪⎨⎪⎪⎩

Δt(up,down)
del_ f =

n
∑

j=1
t(up,down)

res_ f j

Δt(up,down)
del_r =

n
∑

j=1
t(up,down)

res_rj

, (10)

where Δt(up,down)
del_ f , Δt(up,down)

del_r are the delay time of the front loop C and rear loop E, respectively. The
original measured data of the two loops under the testing condition of group 1 are shown in Figure 14.

Subsequently, a method for calculating the response time of each subassembly in a single loop is
given as follows. {

Δt(up,down)
del_ f i = t(up,down)

γp_ f i − tstart_(up,down)

t(up,down)
res_ f j = Δt(up,down)

del_ f i − Δt(up,down)
del_ f (i−1)

, (11)

{
Δt(up,down)

del_ri = t(up,down)
γp_ri − tstart_(up,down)

t(up,down)
res_rj = Δt(up,down)

del_ri − Δt(up,down)
del_r(i−1)

, (12)

where Δt(up,down)
del_ f i and Δt(up,down)

del_ri are the delay time of each subassembly in the front and rear loop,

respectively, and they are calculated in the same way as Δdel_(up,down) mentioned in Section 4.1. t(up)
γp_ f i ,
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t(up)
γp_ri are the times when the pressure in a subassembly increase to 75% of its steady value in the brake

process, and t(down)
γp_ f i , t(down)

γp_ri are the times when the pressure in a subassembly decreases to 15% of its
steady value in the brake release process. These times are measured by sensors fi and ri. Finally, the
response times of each subassembly in two loops are acquired, as shown in Figures 15 and 16.

γ

γ

γ

γ

 

Figure 14. Original pressure curves of front loop C and rear loop E under the testing condition of
group 1.

Figure 15. Response time of each subassembly in brake process under the testing condition from group
1 to group 5, shown in (a–e) respectively.
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Figure 16. Response time of each subassembly in brake release process under the testing condition
from group 1 to group 5, shown in (a–e), respectively. j = 1, 2, 3, 4.

Finally, the proportion of response time of each subassembly can be calculated using the following
formula and the corresponding results are shown in Figure 17.

ϕ
(up,down)
res_( f ,r)j =

t(up,down)
res_( f ,r)j

Δt(up,down)
del_( f ,r)

, (13)

 

Figure 17. Average proportion of response time of each subassembly under the testing condition from
group 1 to group 5. (a) Subassemblies in front loop C in brake process; (b) Subassemblies in rear loop E in
brake process ; (c) Subassemblies in front loop C in brake release process; (d) Subassemblies in rear loop E
in brake release process; (1—treadle valve; 2—controlling pipeline; 3—relay valve; 4—braking pipeline).

From Figure 17, it can be observed that the response time of the treadle valve and the controlling
pipeline are much longer than that of the controlling pipeline and braking pipeline. The sum response
time accounts for more than 80% of the total delay time of both the two loops in the brake process,
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as well as more than 85% in the brake release process. The results indicate that treadle valve and
controlling pipeline are the main contributors to the hysteresis effect of the service circuit.

5. Conclusions

In this paper, a pneumatic braking system for an eight-axle vehicle is introduced. In order to
accurately study the hysteresis effect of the system in emergency braking situation, a test bench is
built. Not only the delay time of each loop corresponding to each axle but also the response time of
each subassembly in a single loop is detected in real time. Moreover, the driver’s different braking
intensions expressed by opening and moving speed of brake pedal are accurately simulated by a servo
drive device.

The acquired data are processed to search for relationships between the pedal’s opening as well as
moving speed and hysteresis times of eight loops in service brake circuit. The results show that under
the same braking conditions, delay times of the front four loops are shorter than those of the rear four
loops, and the delay times of a certain loop in the brake release process are longer than those in the
brake process Under the different braking conditions, when the braking speeds are similar, the larger
the pedal opening, the longer the delay time, and a quadratic curve relationship exists between the
two. Given this fact, the pressure transients of each loop in the system can be fitted to a corresponding
first-order plus time delay model. When the pedal openings are the same, the faster the braking speed,
the shorter the delay time. In addition, response time of each subassembly in a loop is also obtained.
The sum response time of treadle valve and controlling piping accounts for more than 80% of total
delay time of a loop in both the brake process and brake release process, which indicates that these
two subassemblies are the main contributors to the hysteresis effect of the loop.

For further study of the pneumatic braking system for MHV, the structure of the treadle valve
needs to be optimized to shorten its response time, and more reasonable layout of the system should
be studied for reducing the gas transmission distance. Additionally, the development of an advanced
brake control strategy for the PBS in MHVs based on the established first-order plus time delay models
will be a research challenge.
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Featured Application: This research aims to reduce the energy loss through the relief valve,

especially in the systems where the system pressure is high or the overflow flow rate is large.

Abstract: Relief valves are widely used in industrial machinery. Due to the outlet of the relief valve
being connected to the tank, the pressure drop of the relief valve is frequently equal to the inlet
pressure. Accordingly, the energy loss of the relief valve is very high in some cases and this will
worsen with an increase in the rated pressure of the hydraulic system. In order to overcome the
disadvantage of overflow energy loss in a relief valve, a hydraulic energy regeneration unit (HERU)
is connected to the outlet of the relief valve to decrease the pressure drop between the inlet and
outlet of the relief valve. The overflow loss, which is characterized by the pressure drop, can be
reduced accordingly. The approach is to convert the overflow energy loss in hydraulic form and
allow for release when needed. The configuration and working principle of the relief valve with
HERU is introduced in this present study. The mathematical model is established to obtain the
factors influencing the stability of the relief valve. The working pressure of the hydraulic accumulator
(HA) is explored. Furthermore, the control process of the operating state of the HA is scheduled to
decide whether to regenerate the energy via the HERU. The software AMESim is utilized to analyze
the performance and characteristics of the relief valve with HERU. Following this, the test rig is
built and used to verify the effectiveness of the proposed relief valve with HERU. The experimental
results show that the relief valve with the HERU connected to its outlet can still achieve better
pressure-regulating characteristics. The energy regeneration efficiency saved by the HA is up to
83.6%, with a higher pre-charge pressure of the HA. This indicates that the proposed structure of the
relief valve with HERU can achieve a better performance and higher regeneration efficiency.

Keywords: pilot relief valve; energy regeneration unit; pressure fluctuation; regeneration efficiency

1. Introduction

The energy crisis and new emissions rules have motivated the development of new proposals
for energy efficient vehicles and non-road mobile machines. Construction machinery, especially the
hydraulic excavator (HE), is widely used in transport and infrastructure, which can output a larger
amount of power and consume a larger proportion of energy. Therefore, the energy saving and
regeneration become the research hotspot to reduce the energy consumption and emissions [1–5].
The energy loss of the hydraulic system can be divided into two types: throttling loss and overflow loss.
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Research examining energy saving in fluid power systems has mainly concentrated on reducing
the throttling loss. There are few studies focusing on reducing the energy loss in relief valve.
The objective of systems, such as the positive/negative flow control system [6,7], load sensing
control [8] and separate control of actuator ports [9], is to match the pump supply to the demands of
load. Hence, the throttle energy loss can be reduced to some extent. Furthermore, the pump controlled
system has been widely applied [10–12]. One of the most significant merits of the pump controlled
system is that the energy regeneration system (ERS) becomes efficient. However, the overflow loss
through the relief valve due to the frequent start-stop function and rotary, such as the swing of
a hydraulic excavator, still exists and consumes a large amount of energy [13]. Furthermore, there are
few studies examining this loss. The recent fast digital valve development provided the groundwork
for a wide variety of solutions and the digital valve can be used as the flow control valve to reduce the
throttle energy loss [14]. However, the high speed on-off valve control system can avoid the overflow
loss in the relief valve. Shi et al provided a hydropneumatic transformer to supply high-pressure oil to
drive the vehicles, the efficiency of which can be improved by 10% [15].

Furthermore, there are studies on energy regeneration to save and reutilize the throttle energy
produced by the potential energy of the boom. Wang et al. also presented an electric ERS, which
integrates the regeneration device with the throttle valve using a different controller [16,17]. Using the
pressure compensation principle, the electromagnetic torque of the generator was adapted to the
loaded pressure. Therefore, the pressure drop across the throttle was guaranteed to remain a small
constant pressure drop and consequently, the velocity of the boom cylinder can be regulated effectively
by controlling the throttle valve opening. Furthermore, most of the throttle energy can be regenerated
by the hydraulic motor and an electric motor.

Relief valves, the most important component in hydraulic systems, are widely used in industrial
machinery. In hydraulic systems, the outlet of the relief valve is frequently connected to the tank and
thus, the pressure loss of the relief valve, which is characterized by the inlet and outlet pressure, is
equal to the inlet pressure. With an increase in the inlet pressure of the relief valve, the pressure loss
increases accordingly. Therefore, the energy loss of the relief valve, which is the product of the flow
rate and the inlet pressure, is very high and it will worsen with an increase in the rated pressure of the
hydraulic system. If the energy through the relief valve can be saved and reutilized, the efficiency of
the hydraulic system will be greatly improved.

This paper focuses on exploring the methods of regenerating the energy through the relief valve
and the performance of the relief valve with the energy regeneration unit. The following part is
organized as follows: The structure and working principle of the pilot relief valve (PRV) with the
hydraulic energy regeneration unit (HERU) is proposed in Section 2. The mathematical model is
developed and the control flow for the HA is presented in Section 3. The key parameters and control
for the best working ability of the hydraulic accumulator (HA) to achieve the maximum energy saving
are discussed in Section 4. After this, the experiment is carried out to verify the feasibility and the
influence of the HERU on the PRV in Section 5. Following this, the concluding remarks are summarized
in Section 6.

2. Configuration of the PRV with HERU

2.1. Configuration of HERU of Energy Loss in Relief Valve

To reduce the energy loss of the relief valve, a hydraulic energy regeneration unit (HERU) is
connected to the outlet of the relief valve, which can increase the outlet pressure of the relief valve
and thus reduce the pressure drop between the inlet and outlet [18], as shown in Figure 1. As there
are many types of relief valves, the PRV is chosen as an example in this paper. The advantages are
as follows:
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(1) The overflow energy loss, which backs into the tank directly in the traditional PRV, is converted
into hydraulic energy to be stored in the HA and released when needed. During this process, the
outlet pressure of the PRV is far higher than that of the tank, which means that the pressure drop
between the inlet and outlet is decreased. Therefore, the pressure drop through the PRV can be reduced.
The pressure drop of the PRV is defined as

Δp = p1 − p2 (1)

where p1 is the inlet pressure of the PRV; p2 is the outlet pressure of the PRV; and Δp is the pressure
drop between the inlet and outlet.

When the traditional PRV is connected to the tank, the pressure p2 is approximately equal to zero.
Therefore, the pressure drop can be simplified as

Δp = p1 (2)

When the HERU is connected to the outlet of the PRV, the oil will flow into the HERU and cause
an increase in the outlet pressure p2. Therefore, the pressure p2 is far larger than zero, while the
pressure drop through the PPRV is smaller than that without HERS.

The overflow energy loss in PRV is featured by the product of the flow rate and the pressure drop

P = Δp · Q (3)

where P is the power lost through the PRV and Q is the flow rate through the PRV.
The flow rate Q through the PRV remains mostly constant. Hence, the energy loss through the

PRV with HERU is less than the traditional PRV. Moreover, the energy stored in the HERU can be
reutilized and the efficiency of the hydraulic system can be improved. In general, a higher outlet
pressure p2 results in a lower overflow energy loss of the PRV, which is characterized by the pressure
drop Δp. To ensure the normal operation of the PRV, the outlet pressure p2, which is caused by the
HERU, must be smaller than the target relief pressure of the PRV.

(2) The proposed PRV is different to the traditional PRV in that the outlet of the pilot valve is
connected to the tank alone. In comparison, the outlet of the pilot is connected to the outlet of the main
valve in the traditional PRV. This difference can ensure that the pilot valve of the proposed PRV is not
affected by the pressure fluctuations in the outlet of the PRV.

(3) As seen in Figure 1, the PRV has a main valve and a pilot valve. The inlet pressure p1 acts on
the main valve spool and the pilot valve spool at the same time. Meanwhile, the pressure p3 of the
spring chamber is also connected to the pilot valve spool. The outlet port of the PRV is connected to the
HERU through a directional valve, which is used to determine whether to recover the overflow energy
or not. The pilot oil circuit is connected to the tank alone to avoid an increase in the relief pressure as
the PRV and the HERU are in series.
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Figure 1. Comparison of the pilot relief valve (PRV) with and without hydraulic energy regeneration
unit (HERU).

2.2. Working Principles of the PRV

Figure 2 is the working principle diagram of a PRV. The rated pressure of the PRV is set by
the pilot operated proportional valve. A and B denote the inlet and outlet of the PRV, respectively.
Back pressure in port B is produced by the HERU 5, which is connected to port B of the PRV.

Figure 2. Working principles of the PRV (1—Main valve spool; 2—Orifice; 3—Reset spring; 4—Pilot
valve; 5—HERU; 6—Spring chamber).

When the adjusting spring of the pilot valve is pre-compressed to some extent, the relief pressure
of the PRV is set. The system pressure is equal to the relief pressure of the PRV. The oil supplied to
the PRV is divided into three parts: one acts on the bottom of the main valve spool, the second on
the upper of the main valve spool and the third acts on the pilot valve. The latter two are supplied
through orifice 2 in the main valve spool. The pilot spool remains closed and no oil flows through it
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when the force produced by the pressure p3 in the spring chamber 6 is less than the electromagnetic
force. The main spool is also closed because the inlet pressure p1, which is equal to the pressure p3 in
this case, is smaller than the resultant of the spring force and the pressure p3. The forces on the main
spool satisfy the equation

p3 A1 + F0 = p1 A1 + F0 > p1 A1 (4)

where F0 is the pre-tightening force of the reset spring; A1 is the effective cross-sectional area of the
main spool; and p3 is the pressure of the spring chamber.

The main spool continues closing until the inlet pressure is higher than the spring force of the
pilot valve. At this time, the pilot valve is open and the pressure p3 is smaller than the inlet pressure p1

because there is a pressure drop across the orifice 2. Due to the small stiffness of the reset spring, the
forces on the main spool satisfy the equation

p1 A1 > p3 A1 + F0 (5)

Therefore, the main valve opens and the main valve spool moves upwards to allow the liquid
to flow through port A to port B and then through HERU to the tank. The pressure in the HA of
the HERU increases, while the pressure drop between the inlet and outlet of the main valve reduces.
Following this, the overflow energy loss of the PRV decreases accordingly.

When the pre-compression of the spring of the pilot valve changes, the relief pressure changes
accordingly. Furthermore, when the pressure of the HA changes, the performance of the PRV may be
influenced. The influence of the HERU should be discussed to ensure a stable performance of the PRV
and obtain a comparable, better control characteristic.

3. Control System

The control system has two goals. One is to recycle as much of the overflow energy as possible
using the HERU. The other is to guarantee the operation characteristics of the PRV with the HERU.
In other words, the PRV can still control the pressure of the system despite having an HERU, which is
connected to the outlet of the PPRV. Therefore, how to choose the parameters of the HERU and how to
control these parameters during the energy regeneration process are essential considerations for the
control system.

3.1. Working Pressure of the HA

The HA is the main component of the HERU and must be properly designed to achieve the two
goals of the control system. The key parameters of the HA include the rated volume, the pre-charge
pressure, as well as the minimum and maximum working pressure. The appropriate parameters of the
HA are beneficial in controlling how much energy can be regenerated. For example, if the working
pressure of the HA is high, which means that the outlet pressure of the PRV is high, the pressure drop
of PRV is consequently small and the energy lost in the orifice is low. However, the amount of oil that
the HA can store is less. In comparison, if the working pressure of the HA is low, which means that
the outlet pressure of the PRV is low, the energy lost in the orifice of the PRV is subsequently high.
However, the amount of oil that the HA can store is more.

The HA is ideal for those confronted with frequent and short start-stop cycles in adequate space.
The key advantage of using HA as energy regeneration components in HERU is its seamless interface.
They can be easily integrated into a hydraulic circuit of a HE. However, the major disadvantage of
a HA is that the energy storage density is severely limited compared to other competing technologies,
such as the battery. Therefore, the major objective of working pressure optimization for the HA is to
improve the energy density of the HA.

According to the Boyle’s law, the gas in the accumulator follows the ideal gas law as

pa0Va0
n = pa1Va1

n = pa2Va2
n = C (6)
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where pa0 is the pre-charge pressure of HA; Va0 is the rated volume of HA; Va1 and pa1 are the gas
volume and pressure when the HA is at the minimum working pressure, respectively; Va2 and pa2 are
the gas volume and pressure when the HA is at the maximum working pressure, respectively; n is the
polytrophic exponent; and C is a constant.

The HA used in the HE mainly functions during the starting and braking process, which lasts only
a short period of time, while the working cycle of the HE is about 20 s. Following this, the compression
process when the HA is charged can be considered as the adiabatic process. The gas index n is set
to 1.4.

The volume of the HA is calculated by the equation

Va0 = ΔVa1

(
pa1
pa0

) 1
n

1 −
(

pa1
pa2

) 1
n

(7)

where ΔVa1 is the maximum oil volume that is stored in HA when the pressure in HA increases from
pa1 to pa2.

The energy density Eρ of the HA can be calculated as

Eρ = p2
r

1
n − r

1 − n
(8)

where
r =

pa1

pa2
(9)

As seen from the above equations, increasing the volume of the HA, improving the pre-charge
pressure and the maximum working pressure or reducing the minimum working pressure can
improve the energy storage. The volume of the HA is constrained by the installation space of the HE.
Furthermore, the pre-charge pressure, minimum and maximum pressure all are related to one another.
In order to obtain the relationships, the derivative of Equation (8) is used as

d(Eρ)

dr
= 0 (10)

Accordingly, the maximum energy density based on the optimum pressure ratio can be
represented in the form

r = n
n

1−n (11)

On the other hand, the HA works frequently in the process of charging and releasing. To prolong
the service life of the HA, the peak volume change of the air bladder of the HA cannot be too large.
Hence, the pressures should satisfy

0.25pa2 < pa0 < 0.9pa1 (12)

For example, if the rated pressure of the PRV is 21.5 MPa, the pressure drop of the PRV should
be at least 1 MPa, which is the same as the pressure drop in the throttle control valve. This is needed
to guarantee the fact that the PRV can release the redundant flow of the hydraulic system. Then,
according to the pressure scope of the HE, the pressures of the HA can be chosen as

pa1 = 6.2 MPa (13)

pa2 = 20 MPa (14)

pa0 = 5 MPa (15)
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3.2. Control Flow

In an energy regeneration system for the energy loss of a PRV, the decision whether to regenerate
the overflow energy depends on the relationships of the inlet/outlet pressure of the PRV and the
maximum working pressure of the HA. Figure 3 shows the principle diagram of the tested PRV with
a HERU connected to its outlet. The overload protection unit is used to protect the pump 4 when
the PRV does not work. When the valve 1 is powered off, the regulating pressure of safety valve 2
is 31.5 MPa to ensure that no oil flows through valve 2 when PRV is working. In comparison, when
the PRV does not work, valve 1 is powered to allow oil to flow from the pump to the tank with a low
energy loss.

The flow meters 8, 12, and 13 are used to detect the flow rate in and out of the PRV. Pressure
sensors 10, 11, 19, and 20 are used to gain the pressures of the pump, the inlet and outlet of the PRV
and the HA. These pressures are used to determine the energy recovery process. In Figure 3, ps is the
outlet pressure of the pump and pa is the pressure of the HA. The detailed control process is shown in
Figure 4. The control strategy is based on following logic:

• Energy recovery mode

When the pressures satisfy pa < pa2, the PRV works in the energy recovery mode. In this condition,
the valve 1 is powered off and the lower electromagnet of the valve 14 is powered on to make the valve
14 work at the bottom position. The overflow energy through the PRV will be stored in the HA until it
reaches the maximum working pressure.

• Traditional mode

When the pressures satisfy pa ≥ pa2, the PRV works in the traditional mode. In this condition,
valve 1 is powered on and both the electromagnets of valve 14 are powered off. The pump is unloaded
through the safety valve 2, which is unloaded by valve 1. The valve 14 works at top position, while the
HA is disconnected to the outside and the pressure is kept constant.

 

Figure 3. Principle diagram of the test for the PRV with HERU (1—2/2 Solenoid directional valve;
2—Safety valve; 3—Filter; 4—Fixed displacement pump; 5—Electric variable frequency motor;
6 and 15—Check valve; 7 and 18—Pressure gauge; 8, 12, and 13—Flow meter; 9—PRV; 10, 11, 19,
and 20—Pressure sensor; 14—3/4 Solenoid directional valve; 16—Safety shutoff valve; 17—HA (HERU)).
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Figure 4. Control flow of the HERU.

4. Simulation Results

Figure 5 is the simulation model built in AMESim based on the principle diagram and control
flow shown in Figures 3 and 4. The simulation model is used to test the influence of the HERU on
the characteristics of the PRV and the influence of the pre-charge pressure on the energy regenerating
efficiency of the HERU.

Figure 5. Simulation model in AMESim.

Figure 6 shows the inlet pressure of the PRV and the inlet pressure of the HA during the energy
regenerating process. The pre-charge pressure of the HA is 5 MPa and the regulating pressure of the
PRV is 20 MPa. As seen in Figure 6, with an increase in the regenerated energy in the HA, the pressure
of the HA increases until it reaches its target value of 20 MPa. At the same time, the inlet pressure of
the PRV decreases marginally from 21 MPa to 20.6 MPa. As the inlet of the HA is connected to the
outlet of PRV, the pressure drop across the orifice of the PRV is 0.6 MPa. This indicates that the PRV
can still maintain good performance under a lower pressure drop. It can also be deduced that the
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HERU that is connected to the outlet of the PRV has little influence on the performance of the PRV.
The PRV can still control the system pressure steadily.

Figure 6. Pressures during the energy regeneration process.

During the energy regeneration, the outlet pressure p2 of the PRV is nearly equal to the HA
pressure pa. It is shown in Figures 6 and 7 that with an increase in the outlet pressure p2 of the PRV, the
displacement of the main valve spool increases to keep the flow rate constant. Hence, the flow rate of
the PPV is maintained at a certain value is important so that the PPV can release the redundant flow of
hydraulic system. The reason is that the displacement of the main valve spool will change according
to the outlet pressure of the PRV, which is shown in Figure 7.
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Figure 7. Flow rate and displacement of main valve of the PRV during the energy regeneration process.

Figure 8 shows the compression of the pre-charge pressure on the charging process of the HA.
The pre-charge pressure is 5, 10, and 15 MPa, respectively. When the energy regeneration starts, the
pressure of the HA increases from the pre-charge pressure to its target value. During this process, the
volume of HA remains the same. It can be seen that a higher pre-charge pressure results in a shorter
time needed to reach the target pressure, which also means that less energy can be stored.
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Figure 8. Compression of hydraulic accumulator (HA) pressure with different pre-charge pressures.

Figure 9 shows the influence of the outlet pressure of the PRV on the inlet pressure of the PRV.
The regulation pressure of the PRV is set to 21.5 MPa. Before the PRV is powered on at the time of 1 s,
the inlet pressure is slightly higher than the outlet pressure. After the PRV is powered on, the inlet
pressure decreases a little with an increase in the outlet pressure, but the inlet pressure remains around
21.5 MPa, which is the regulating pressure of the PRV. The maximum pressure difference is 0.7 MPa,
which is under 3.3% of the regulating pressure of the PRV. This indicates that the HERU connected to
the outlet of the PRV has little influence on the pressure regulation characteristics.

Figure 9. Influence of the outlet pressure of the PRV on the characteristics of the PRV.

5. Experimental Study and Discussion

5.1. Test Rig

The test rig was built to verify the characteristics of PRV with HERU. Figure 10 is the layout of the
tested unit, according to the working diagram shown in Figure 3. The hydraulic pump can maximally
supply a flow rate of 250 L/min under a maximum pressure of 31.5 MPa. The HERU includes a few
HAs with different volumes, as shown in Figure 10. The PRV is the cartridge valve. The rated flow of
the check valve and the directional valve is sufficient at 200 L/min, which can minimize the pressure
drop during the test.
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Figure 10. Layout of the tested unit.

5.2. Results and Discussion

5.2.1. Control Performance

Figure 11 shows the pressure of the HA during the energy regeneration process under different
pre-charge pressures. When the valve 14 is working at the bottom position at a time of 5 s, the flow
rate out of the PRV flows into the HA through the valve 14, which leads to an increase in the pressure
in the HA. When the pressure in HA reaches the pre-set pressure of 20 MPa, the valve 14 works at the
top position and allows flow from the PRV into the tank. The HA stops regenerating energy and there
is a little decrease of the pressure when the valve 14 is powered off. This is because the connecting line
between the PRV and the HA is very long in addition to the hydraulic fluid leakage occurring in check
valve 15 and safety shut-off valve 16 in the test rig. The trend of the HA pressure in Figure 11 matches
that in Figure 8. This indicates that the simulation model and the test rig match well, with well-chosen
simulation parameters.

Figure 11. HA pressure with different pre-charge pressures during the energy regeneration process.

When the pre-charge pressure of HA is 6.7 MPa and the regulation pressure of the PRV is 21.5 MPa,
the PRV is powered on at the time of 5 s and the valve 14 is powered on at the time of 7.4 s to charge
the HA. It can be seen from Figure 12 that, before the valve 14 is powered on, both the pressure of the
inlet pressure and the pressure in the spring chamber are kept at a constant level. When the HERU
is connected to the outlet of the PRV, both the pressures decrease due to a decrease in the fluid force
on the main spool until the pressure in HA is almost equal to the pressure in the spring chamber.
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Following this, the three pressures increase until the pressure in HA reaches the set value and the
valve switches to the top position. There is a pressure fluctuation when the valve 14 is switched from
the bottom position to the top position. During this process, the port of the valve 14 and the outlet
of the PRV first closes. After this, the oil flowing into the PRV has no channel to flow into and holds
up in the inlet, which increase the pressure of the inlet and the pressure in the spring chamber in
addition to the enlargement of the orifice of the main valve. After valve 14 begins to work at the
top position, the outlet of the PRV is connected to the tank. Due to the larger orifice, the pressure in
the inlet and the spring chamber decrease, which leads to the smaller orifice and an increase in the
pressure. After a short period of regulation, both the inlet pressure and the pressure in the spring
chamber return to their initial values.

Figure 12. Pressures during the energy regeneration process.

Figure 12 illustrates that independent of whether HERU is connected or disconnected to the outlet
of the PRV, the inlet pressure of the PRV can be still maintained around the set pressure of 21.5 MPa.

Figure 13 shows the flow rate out of the PRV through the outlet. It can be seen that independent
of whether the outlet of the PRV is connected to the HERU, the flow rate out of the PRV is almost the
same after the self-regulation.

Figure 13. Flow rate out of the PRV.

Figure 14 shows the inlet pressure of the PRV under the different maximum pressures of HA.
It can be seen that when the PRV is powered on at the time of 1 s, the inlet pressure of the PRV is
almost the same as the regulating pressure, which is 21.5 MPa. The inlet pressure slightly decreases
with an increase in the maximum pressure of HA, with the maximum error of 0.5 MPa being nearly
2.3% compared to the regulating pressure.
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Figure 14. Experimental results with different maximum pressures of HA. (a) Inlet pressure of PRV; (b)
Inlet pressure vs. maximum pressure of HA.

5.2.2. Regeneration Efficiency

One objective of the experiment is to determine how much energy can be stored by the HERU.
As seen in Figure 12, the area between the pressure of the HA and inlet pressure of the PRV is the
energy loss through the PRV. When combined with Figure 11, a higher pre-charge pressure results in a
smaller area denoting the energy loss.

The energy loss through PRV without HERU is given by

Er =
∫

p1Qdt (16)

where Er is the energy loss through PRV without HERU.
The regenerated energy in HA can be obtained as

Ea =
pa0Va0

n − 1

[(
pa2

pa0

) n−1
n −

(
pa1

pa0

) n−1
n
]

(17)

where p0, p1, and p2 are the pre-charge pressure, minimum pressure, and maximum pressure of the
HA, respectively; and V0 is the volume of the HA. The charging process is short and the compression
of the gas can be considered as the adiabatic process. The gas index of the ideal gas n equals to 1.4.

The regeneration efficiency of the HERU is calculated as:

ηr =
Ea

Er
(18)

The energy loss and the regenerated energy by HA are listed in Table 1 when the pre-charge
pressure is 6.7, 8.2 and 12.5 MPa, respectively. The target pressure of the HA is set to 20 MPa for
the three conditions. It can be seen from Table 1 and Figure 10 that when the pre-charge pressure
is 6.7 MPa, there is maximum energy loss through PRV without HERU and maximum regenerated
energy in HERU. However, the lowest regeneration efficiency happens at this time, being only 61.2%.
With an increase in the pre-charge pressure, the energy loss through PRV without HERU and the
regenerated energy in HERU decrease, but there is an increase in regeneration efficiency. The reason is
that the volume of the HA is the same in the test rig. When the pre-charge pressure of the HA is high,
the time for regenerating the energy loss of the PRV via the HA is short, which is seen in Figure 10.
As the inlet pressure and the flow rate of PRV are nearly the same, a higher pre-charge pressure results
in less energy loss through PRV without HERU. Furthermore, when the pre-charge pressure is high,
the outlet pressure of PRV is high. Following this, the pressure drop between the inlet and outlet
reduces, which means that the regeneration efficiency will increase. The volume of the HA is chosen
according to the installation space. In general, a larger volume means more energy that can be stored.
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The choice of pre-charge pressure depends on the requirements. If the regeneration efficiency is
the main consideration, a higher pre-charge pressure should be chosen. However, if there is need to
regenerate as much energy as possible, a smaller pre-charge pressure should be chosen or multiple HA
should be utilized.

Table 1. Energy regenerated with different pre-charge pressures.

Pre-charge pressure/MPa 6.7 8.2 12.5
Energy loss through PRV without HERU/kJ 206.3 166.0 94.8

Regenerated energy in HA/kJ 126.3 114.8 79.2
Regeneration efficiency/% 61.2 69.2 83.6

6. Conclusions

The proposed configuration of the PRV with the HERU connected to its outlet was discussed
through the simulation and experimental analysis. These useful conclusions are obtained:

(1) To reduce the energy loss of the relief valve, the HERU is connected to the outlet of the PRV,
which can increase the outlet pressure and thus reduce the pressure drop between the inlet and
outlet. The overflow energy loss that backs into the tank directly in the traditional working
conditions is converted into hydraulic energy, which is stored in the hydraulic accumulator and
can be released when needed.

(2) The PRV with HERU connected to the outlet can still have a better function in regulating pressure.
The flow rate of the PRV is almost constant independent of whether the HERU is connected or
disconnected to the PRV after a short adjusting time.

(3) A higher pre-charge pressure can achieve higher regeneration efficiency, while the lower
pre-charge pressure can regenerate more energy. The chosen pressure of the HA should consider
the regeneration efficiency, the actual working style, and the installation space.

(4) Further research will concentrate on the multiple HA used in the proposed HERU and the control
of them to regenerate as much energy as possible with a higher regeneration efficiency.
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Nomenclatures and Symbols

p1 is the inlet pressure of the PRV; p2 is the outlet pressure of the PRV; Δp is the pressure drop between the
inlet and outlet; p3 is the pressure of the spring chamber; pa0 is the pre-charge pressure of HA; ps is the outlet
pressure of the pump; pa is the pressure of the HA; F0 is the pre-tightening force of the reset spring; A1 is the
effective cross-sectional area of the main spool; Va0 is the rated volume of HA; Va1 and pa1 are the gas volume and
pressure when the HA is at the minimum working pressure; Va2 and pa2 are the gas volume and pressure when
the HA is at the maximum working pressure; ΔVa1 is the maximum oil volume that is stored in HA when the
pressure in HA increases from pa1 to pa2; n is the polytrophic exponent; C is a constant; Eρ is the energy density of
the HA; Er is the energy loss through PRV without HERU; Ea is the regenerated energy in HA; Q is the flow rate
of the PRV; ηr is the regeneration efficiency of the HERU.
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Abstract: Speed control and smooth regulation in an electro-hydraulic motion control system
under negative load (over-running load) are crucial to mobile machineries, vehicles, and motion
simulation equipment. Problems, such as bad natural stability, bad dynamic performance for
small adjusting signal, serious coupling, and difficulty to coordinate between speed smoothness
and speed regulation, exist in traditional valve-controlled and pump-controlled electro-hydraulic
power mechanism. The coordinated motion control scheme, which is based on independent
regulation of inlet/outlet oil for electro-hydraulic power mechanism has attracted the attention
of many scholars. In the last two decades, many progresses had been made in coordinated
control technology, employing in inlet/outlet independent metering and pump/valves independent
regulation. Moreover, the technology has been widely used in the electro-hydraulic operating system
in hydraulic excavator and the speed smoothness control system in heavy transport vehicles. In this
study, recent advancements and upcoming trends in coordinated control and inlet/outlet independent
metering for electro-hydraulic power mechanism under sustained negative load are reviewed. Firstly,
related research advancements are summarized, including flow rate regulation mechanism based
on inlet/outlet coordinated control, coordinated control strategy and nonlinear control method of
electro-hydraulic control system. Then, nonlinear modeling of inlet/outlet independent metering and
pump/valves independent regulation in electro-hydraulic control system is presented. In addition,
the electro-hydraulic speed smoothness control and energy recovery for heavy engineering vehicles
under long down-slope is discussed and reviewed. Finally, existing problems and future trends of
inlet/outlet coordinated control for an electro-hydraulic power mechanism under sustained negative
load are presented.

Keywords: sustained negative load; electro-hydraulic power mechanism; independent regulation;
coordinated control; speed smooth and limitation control

1. Introduction

Various types of heavy construction machinery and engineering vehicles [1] are playing an
increasingly important role in the construction of large-scale projects, such as high-speed railway,
highways, large bridges, as well as the construction of underground tunnels for coal mining.
The working condition under sustained negative load is common in electro-hydraulic loading
control system [2]. Then, the traveling drive system, hoist system and swing system of construction
machineries and engineering vehicles are inseparable from the electro-hydraulic power mechanism
under sustained negative load. As the crucial technology of above systems, the control technology of
electro-hydraulic power mechanism has greatly influenced the control performance for construction
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machinery and engineering vehicles. Therefore, systematic study on advanced regulation mechanism
and control strategy for electro-hydraulic power mechanism with negative load is of great value,
which enhances integrated control performance for overall electro-hydraulic mechanism.

Sustained negative load, also known as over-running load, often occurs in long down-slope
condition in traveling system of mobile machines, descending condition under heavy load in
electro-hydraulic hoist systems of hoisting cranes, swinging and boom sticks conditions in excavators,
and negative load condition of electro-hydraulic loading systems. Negative load operation is inevitable
and standard working condition to a completed task cycle. The characteristics of negative load in
electro-hydraulic power system is that the load force’s direction is in accordance with the orientation
of load movement, and the function of load force is changed from opposing motion to driving motion.
In fact, the running speed of moving parts will continuously increase due to the increase of driving force
incorporating the force from negative load. But the speed may even exceed the actuating components’
maximum running speed which can be provided by flow rate of the hydraulic pump. Moreover,
the dithering phenomenon in the process of system running can easily cause safety accidents.

Aiming at the method of traditional flow rate regulation for electro-hydraulic control system with
sustained negative load, two control modes are usually used. One mode is the valve-control mode,
which uses dual-port mechanical linkage control valve to realize the throttling regulation. The other
mode is the pump-control mode, which uses proportional or servo variable displacement pump to
achieve the volume regulation. The former adopts inlet/outlet mechanical coupling metering, and a
large valve-restriction pressure difference is needed for balancing the negative load. And the latter
commonly adopts the balance valve in return-oil line to form the back-pressure for speed smoothness
control. In the former case, because of the throttling and coupling control with dual-port mechanical
linkage control valve, it is difficult to achieve superior control effect on speed control and smooth
regulation. For the latter, since the balance valve can’t be actively regulated, the satisfactory control
effect also can’t be obtained.

Under sustained negative load, the operating points of electro-hydraulic control valve for motion
control system are in quadrants II and IV, and pressure flow coefficient of the valve is reduced,
then control characteristics are deteriorated when the orifice is small. The coupling control with flow
rate and load pressure in traditional electro-hydraulic mechanism results in a large valve-restriction
pressure difference in inlet/outlet oil loop, then a good coordination between speed control and
speed-smooth regulation cannot be realized. In references [3,4], the hydraulic balance method and the
stability of balance valve under negative load are studied, and relevant hydraulic balance scheme is
proposed. Aiming at the problem of down dithering and secondary sliding for hoisting system under
negative load, Liu [5] designed a new balance valve cover with damping network, which makes the
pressure into pilot control oil chamber of the balance valve steadier. Moreover, the balance valve and
brake get a good matching for the time of opening and closing. In view of function exchange for motor
and pump under sustained negative load, Xian [6] presented a negative torque control scheme for
hoisting mechanism type in closed volume hydraulic system. In the control scheme, by reducing the
displacement volume of pump or increasing the motor’s displacement volume, the speed of motor
and engine keeps within the limit. Nie [7] proposed the constant power control for load input power,
and it guarantees the optimal load rate of the engine. Moreover, the security and energy-saving for the
crane under negative load is achieved.

At present, for inlet/outlet independent metering control system of electro-hydraulic power
mechanism, the research mainly focuses on the multi-layer and coordinated control strategy and
energy-saving control technology. Aiming at the existing problems of electro-hydraulic power
mechanism under sustained negative load, a thorough and systematic study, such as, theoretical
analysis of regulation mechanism, motion-force hierarchical control, inlet/outlet coordinated control
strategy, unknown disturbance estimation of power mechanism, dynamic feature recognition for
continuously running system with long time and strong robust control strategy are comparatively
scarce. The coordinated motion control strategy based on inlet/outlet independent metering can be
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introduced for electro-hydraulic motion control system, through which controllability and practicability
of control system is enhanced. Especially, the coupling problem of speed control and smooth regulation
can be effectively solved. Moreover, the two independent control subsystems can be coordinately
adjusted, which greatly improves the control potential for electro-hydraulic power control system.

The remainder of this paper is organized as follows: for the electro-hydraulic power control
system, flow rate regulation mechanism based on inlet/outlet independent metering, coordinated
control strategy, and nonlinear control algorithm are introduced in Section 2. Nonlinear modeling of
inlet/outlet independent metering for pump/valves control system is elaborated Section 3. Section 4
provides electro-hydraulic speed smoothness control and energy recovery of heavy vehicles under
long down-slope, followed by the main conclusions are summarized, and the future research works
are prospected.

2. Inlet/Outlet Independent Regulation and Coordinated Control

Inlet/outlet independent regulation and coordinated control with hierarchical structure have
been the focus of intensive research, resulting in a rich literature. In this section, the research fields,
including flow-rate regulation mechanism of inlet/outlet independent metering control, coordinated
control strategy, and nonlinear control algorithm are reviewed. Moreover, the current research statuses
are summarized, and necessary analysis and evaluation is raised.

2.1. Flow-Rate Regulation Mechanism of Inlet/Outlet Independent Metering

Inlet/outlet independent metering system usually uses two electro-hydraulic control valves to
determine the motion state of an actuator, which opens the mechanical connection between the inlet
and outlet in ordinary electro-hydraulic control valve. The key question is how to coordinate the
opening displacement of two spools in control valves, so that the coordinate control of pressure and
flow rate can be realized. Because two throttle valves can be respectively responsible for flow rate
control in inlet lines and back-pressure control in outlet lines, to reduce the throttling loss in inlet line
at least is possible.

In 1987, Professor Backe [8] presented the conception of separate control of actuator ports
with cartridge valve control theory, the control principle is shown in Figure 1. Through the input
liquid resistance and output liquid resistance, pressure and flow rate of hydraulic cylinder chambers
are independently controlled. Liquid resistances are realized in four cartridge valves. With the
development of electronic technology, Backe applied electronic feedback control technology to
hydraulic control system, further optimized the performance of the control system. The feedback
signals, which are in the form of pressure feedback, flow rate feedback, speed feedback and acceleration
feedback, realize the system feedback control function.

Figure 1. Independent metering control system based on poppet valve.
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Palmberg [9] formally proposed the concept of inlet/outlet independent metering control.
Four electro-hydraulic proportional poppet valves are used to realize the control of hydraulic actuators,
and a constant pressure pump is selected for oil supply. In addition, the value and direction of the load
are obtained by the measured pressures from two pressure sensors in two chambers, then different
control strategies can be selected for optimal control according to the load and speed characteristics.

Book et al. [10] put forward the controllability and possibility of energy recovery under negative
load, and the scheme adopts the inlet/outlet oil decoupling control through four-valve independent
regulation. Moreover, the mathematical analysis and demonstration is derived. Compared to the
traditional valve control system, the saving energy effect of the independent metering mechanism with
four-valve can is better by controlling the back pressure. The electro-hydraulic system mechanism of
four-valve independent regulation is shown in Figure 2.

 

Figure 2. Electro-hydraulic system mechanism of four-valve independent regulation.

Sphenoid et al. [11] further studied this kind of electro-hydraulic system controlled by four valves.
Since the four valves can be independently controlled, the configuration scheme can be operated with
a variety of double valves in independent control modes. In addition, the regulation modes of five
different working conditions are summarized, which includes power extension, high side regeneration
extension, low side regeneration retraction, power retraction, and low side regeneration extension.

Elfving M. et al. [12] studied the physical decoupling control of double chamber pressure for
independent metering control system, where the two chambers of hydraulic cylinder respectively
use an electro-hydraulic proportional valve for flow-rate or pressure control. In this control system,
an auxiliary controller and two pressure controllers are designed. The pressure decoupling control of
two chambers is achieved with two pressure controllers, and the speed control of actuator is realized
by auxiliary controller.

Patrick et al. [13] proposed a new control method of automatic calibration state trajectory,
and applied it to the flow rate control in independent metering system. The system uses five electric
hydraulic lifting valves to form the independent metering control structure. The proposed control
method is used to adjust four of these valves, with which the flow rate control of hydraulic actuator’s
inlet/outlet oil is realized. Moreover, supply pressure is controlled by the fifth valve with open-loop
operation. In view of the fact that the excavator system based on inlet/outlet independent metering
control is a mechanical-hydraulic coupling system with many unknown parameters, Ding et al. [14]
proposed the multi-objective optimization method based on nonlinear programming by quadratic
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Lagrangian (NLPQL). The optimal value of characteristic parameters, which are difficult to estimate,
are found by the method, and the speed and accuracy of parameter identification are improved.

Zhang and Hu [15,16] designed an independent metering control system consisted of five
independent proportional cartridge valves, which can be programmed to achieve flexible control of the
system. Changing the control logics of the valves can achieve different median performance, and the
system can realize system energy saving and regeneration without changing the hardware structure
by proper programming. For inlet/outlet independent metering system, Professor Andersen [17,18]
carried out the study on the control strategy and the influence of control performance by valve
structural parameters. The electronic control handle transmits the speed signal instruction to system
controller, and the system controller sends control signals to control the proportional directional valve
on both sides of the actuator, then the speed control and pressure control of actuator are realized.
Meanwhile, the performance of system energy saving is enhanced. In addition, because the throttle
loss of check valve is much smaller than balance valve, the efficiency of system is improved by
changing components.

In the middle of 1990s, Wang et al. [19,20] carried out a full study on the impact problems during
the acceleration and deceleration, the starting and brake of the large inertia load in the hydraulic
excavator. A pressure difference sensing technology is put forward to reduce the pressure impact,
which is produced during the acceleration and deceleration of actuators. The control method of
calculation flow rate feedback is adopted to control the flow rate of throttle valve, so that the speed
smooth control is achieved for large inertia load. The core idea of control is to use a piecewise control
method while the large inertia load is in the process of acceleration, deceleration and braking, and the
method is based on actuator speed observation and parameters online estimation. Moreover, it takes
account of its control accuracy of steady state as well as fast stability of dynamic process.

In references [21,22], the speed control characteristic of independent metering control system
with multiple actuators is studied when actuators run at the same time. The synchronization model
of the dual-actuator for independent metering system is established. Moreover, the controller is
developed, which compares the speed control characteristics under different working conditions.
Speed control method for piecewise adjustment according to the delay time of the balance valve is
proposed, which improves the stability of speed control in balance valve circuit.

For independent metering control system, Quan et al. [23] proposed a control scheme for
differential hydraulic cylinder, and this method can reduce power loss of electric motor by about
20%, which improves the efficiency of pump-controlled differential cylinder system. In addition,
an inlet/outlet independent metering control system based on flow rate matching with pump and
valve was put forward. The system ensures that the output flow rate of power source always matches
the required flow rate by all the actuators, and it not only achieves the implementation of the individual
executor, but also reduces throttle loss of the system to a minimum.

Yuan [24] studied the control technology of inlet/outlet independent metering, which uses a
double servo valve to control the cylinder system. Furthermore, an adaptive robust control method
based on correction of quiescent operation point is proposed. Aiming at the pump/valves control
strategy for an electro-hydraulic flow rate matching system, Cheng et al. [25] analyzed the requirements
with speed control system under overrunning and impedance conditions, and an improved method of
dynamic performance based on compensation with proportional valve is proposed. The proportional
valve controller, which considers the compensation of dynamic and static performance at the same
time, is developed to improve the performance of speed control system. A typical electro-hydraulic
flow rate matching system mechanism of pump/valves control is shown in Figure 3.

Dong [26] designed a flow-rate and pressure coupling controller to control the piston speed
and pressure in each chamber, and a double closed loop control in independent metering control
system is used to monitor and modify the pressure and flow rate in real time. Moreover, four
types of threads are designed to arrange the task. In reference [27], a programmable valve with
inlet/outlet independent metering control is applied to replace the multi-way directional valve in
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construction machinery, which integrates the advantages of digital signal and inlet/outlet independent
metering technology. Due to the increase of control freedom of electro-hydraulic system in construction
machinery, the controllability of the control system is improved, and the energy consumption of system
cut down by reducing the back pressure of hydraulic actuator.

M

Figure 3. Electro-hydraulic flow rate matching system mechanism of pump/valves control.

Li [28] put forward a novel flow rate amplifier valve with digital pilot, where the digital valve
is the pilot stage and the Valvistor valve is the main stage. Furthermore, applying it to independent
metering control system, not only realizes the requirements of control performance and energy saving
of valve control system, but also lays the foundation for realizing modern intelligent control of
electro-hydraulic system. Liu et al. [29] used a flow-rate feedback calculation control and pressure
calculation control for independent metering system under negative load condition to improve the
speed stability. Liu [30] presented a direct proportional flow rate control by pressure compensation
with load control valve. In this valve, the flow rate through load control valve is proportional to
the pilot pressure in the control stroke, and load pressure compensation function means that when
the load pressure is too high, the flow rate of load control valve can be limited to the vicinity of
the maximum rated flow. Addressing the control for the speed system of pump controlled parallel
variable displacement motor with the flow rate adaptive distribution and multiplying nonlinear link
characteristics, Zheng et al. [31] proposed a compound control architecture, which realizes pressure
control by variable displacement pump and speed control of drive shafts by variable displacement
motors. The second order linearization models of pressure control system and speed regulating system
are derived, and the expected pressure planning method is proposed to realize the dynamic pressure
regulation of the system. In addition, by introducing a disturbance observer to the speed controller of
variable displacement motor, the nonlinear disturbance and unknown load disturbance are suppressed,
which improves the steady state accuracy with fluctuating pressure.

From above-surveyed on flow rate regulation mechanism for inlet/outlet independent metering
control system, the most important research aspects are summarized, and listed below.

1. The inlet/outlet independent metering control has become an important research direction for
electro-hydraulic power mechanism. It not only improves the accuracy and stability of the motion
control system, but also possibly realizes the energy saving and regeneration. While maintaining
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the excellent dynamic performance of the electro-hydraulic control system, how to increase the
energy efficiency of system has become an important research topic.

2. With the relatively large amount of attention devoted to valve-controlled cylinder systems,
references are comparatively scarce on independent and coordinated control of pump/valves for
pump-controlled motor system. However, the study on inlet/outlet independent metering control
for pump-controlled motor system also has important practical value in engineering application.

3. For the inlet/outlet independent metering control of electro-hydraulic system, while adopting
different control strategies and structural parameters of the valve, the control performance
and energy-saving efficiency are affected to a certain extent, which has been the focus of
intensive research.

4. As new hydraulic components, the digital programmable valve and novel flow rate amplifier
valve with digital pilot are applied to the independent metering control system, which promotes
the modern intelligent control for electro-hydraulic system. However, most of the digital valves
currently studied are only as high-speed on-off valves. Because of the limitation with their
structure, it can only be applied to pilot control and small flow rate control applications.

5. The key issue of the study on inlet/outlet independent metering control system is to coordinate
control variables of double electro-hydraulic control elements, which usually includes the
flow-rate and the pressure regulation. Therefore, considering the system under different working
modes, independent and coordinated regulation mechanism based on motion-force hierarchical
control architecture is always an important research topic.

6. The function exchange of motor and pump under sustained negative load seriously affects the
dynamic stability performance for motion control system. Aiming at the problem, development
of speed smoothness control strategy with motion-force hierarchical structure have been an
urgent problem to be solved.

7. With sustained negative load in engineering applications, the study of regulation mechanism
for suppressing negative load and integrated energy management scheme are of great practical
value for electro-hydraulic motion control system.

2.2. Control Strategy for Electro-Hydraulic Control System

The nonlinear characteristics and modeling uncertainty of electro-hydraulic system seriously
restrict the improvement of control performance for electro-hydraulic system, which cause the classical
control method based on linear theory gradually unable to meet the requirements for high performance
system. Nonlinear control method and active disturbance rejection control technology based on
uncertainty disturbance have become an urgent need. In addition, in view of electro-hydraulic motion
control under sustained negative load, speed smooth control, and energy saving control have become
new and important research topics. The coordinated control based on inlet/outlet independent
metering system and motion-force hierarchical architecture also have become the effective solutions,
and an intensive study in this field will play an important role in improving the performance and
energy saving of electro-hydraulic motion control system. This section overviews the nonlinear
control algorithm and hierarchical coordination control strategy for electro-hydraulic control system,
and necessary analysis is carried out.

2.2.1. Nonlinear Control Algorithm of Electro-Hydraulic Control System

There are many nonlinear characteristics in the electro-hydraulic control system, such as the
pressure and flow rate nonlinearity in servo valve, the structure nonlinearity of differential equation,
the friction nonlinearity of actuators, and so on. And these nonlinear factors and questions in the most
electro-hydraulic servo systems are inevitable to solve. Therefore, more advanced nonlinear control
methods need be studied for the electro-hydraulic control system with nonlinear factors.
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Addressing the uncertainties in nonlinear control systems, Astrom and Utkin et al. developed
various nonlinear control methods, such as adaptive control and variable structure sliding mode
control. In the 1990s, Kokotovic et al. proposed the idea of backstepping control for the mismatched
and uncertainty problem in electro-hydraulic control, where the core is how to overcome all kinds
of uncertainties in nonlinear models. Niksefat and Sepehri et al. [32] established the nonlinear
models for the electro-hydraulic actuator (EHA), and the robust controller of EHA based on the
quantitative feedback theory (QFT) is designed. Meanwhile, the LuGre friction model is introduced
to EHA model, the adaptive observer is used to estimate the actuating cylinder acceleration and the
friction state, which cannot be observed directly. Moreover, the adaptive control law is designed to
compensate the parameters perturbation and load disturbance of the system. For the nonlinear model
of EHA, Alleyne and Kaddissi [33,34] designed the backstepping controller, which meets the stability
of Lyapunov, obtaining a good control effect.

Bjorn [35,36] applied the existing nonlinear control strategy to inlet/outlet independent metering
control system, and the method with linear quadratic Gaussian (LQG) optimal control is proposed.
In addition, the speed and pressure controller of the independent metering control system is also
designed, which is applied to electro-hydraulic system of the crane. In order to test the actuator
controlled by direct drive valve (DDV), Nam et al. [37,38] developed the dynamic load simulator,
and the robust controller for loading system is designed, which is based on the quantitative feedback
control technology (QFT). For electro-hydraulic loading system, Ahn et al. [39,40] proposed a fuzzy
proportional-integral-derivative (PID) intelligent control algorithm, which combines with the fuzzy
control algorithm, grey scale prediction, and PID control.

In order to solve the issue that fluid bulk elastic modulus is difficult to quantify, Bora [41]
developed a control design process, where additional sensors are not needed. Moreover, the design
process makes the variables in bulk modulus have robustness. Garett et al. [42] presented the derivation
of nonlinear tracking control law for a hydraulic servo system. An analysis of the nonlinear system
equations is used in the derivation of a Lyapunov function that provides for exponentially stable
force trajectory tracking. Furthermore, this control law is then extended to provide position tracking.
Addressing the nonlinear systems with unknown input dead-zones, Hu et al. [43] proposed the
direct/indirect adaptive robust control combining with the desired compensation strategy to synthesize
practical high performance motion controllers for precision electrical drive systems. Even if the overall
system is subjected to parametric uncertainties, time varying disturbances, and other uncertain
nonlinearities, certain guaranteed robust transient performance and steady-state tracking accuracy can
be achieved. For multi-degree of freedom system, Takahiro et al. [44] expanded the diagonalization
method based on the modal space disturbance observers, which suppresses the interferences between
the position control and force control of the system. As a result, the bilateral control is realized,
and that performance is better than the coordinated control. Aiming at the problem on system
state and interference estimation for slotted hydraulic, Pillosu et al. [45] linearized the nonlinear
dynamics system and designed an estimation algorithm based on sliding mode control and nonlinear
disturbance observer. For the high nonlinearity and non-differentiable features of electro-hydraulic
control system, Claude et al. [46] used indirect backstepping adaptive control strategy to achieve the
real-time position control.

On the basis of the improved state observer, Yang et al. [47] proposed a new model reference
adaptive control algorithm for nonlinear systems with significant uncertainties. Moreover, the
algorithm adopts neural networks to improve transient and steady-state performance, and the stable
tracking performance is met. For a class of linear systems with uncertain external disturbances,
Zhang et al. [48] designed a memory-based adaptive output feedback sliding mode controller,
which improves the transient performance for linear systems. Chiang et al. [49] proposed an
adaptive fuzzy controller with self-tuning fuzzy sliding mode compensation for electro-hydraulic
displacement-controlled system. Furthermore, the controller has online adjustment capability by
controlling the rule parameters, which can deal with the time-varying and non-linear uncertainty
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behavior of the system. In reference [50], aiming at the system nonlinearities and uncertain parameters
for high performance force control of hydraulic load simulator, a discontinuous projection-based
nonlinear adaptive robust force controller is presented, which makes the system asymptotically stable.
Moreover, it realizes the transient performance and final tracking accuracy. Considering the nonlinear
input and input dead zone, Triet et al. [51] proposed an adaptive fuzzy sliding mode controller for speed
control system, which is driven by hydraulic pressure coupling. And the controller combines direct
adaptive fuzzy and fuzzy sliding mode, which reduces the tracking error and jitter in new structure.

Aiming at multi-input and multi-output nonlinear control system with inlet/outlet oil
independent metering control, Liu [52] raised a force calculation controller based on the feedback
linearization, where the controller can calculate the reference pressure in the two chamber of hydraulic
cylinder. Furthermore, PID controller is used to achieve the closed loop tracking control of two
chambers’ pressure. During the operation of the excavator’s boom lowering, the balance valve is
usually used to suppress the sustained negative load, which causes the hydraulic system to generate a
large amount of heat. In view of the serious heating problem, Jin and Wang [53] proposed proportional
throttle valve to balance the negative load. And an adaptive backstepping controller is designed,
which maintains the inlet oil pressure of single-acting cylinder at a small value, then the goal of system
energy saving is achieved.

In view of the uncertain nonlinear systems with parametric uncertainties and uncertain
nonlinearities, Yao et al. [54] proposed an active disturbance rejection adaptive controller for tracking
control, and the controller effectively combines adaptive control with extended state observer by
backstepping method. Moreover, system uncertainties are estimated by extended state observer
and compensated in a feedforward way. Aiming at the trajectory tracking problem for a Delta
robot with uncertain dynamical model, Luis et al. [55] raised the output-based adaptive control
based on the active disturbance rejection control (ADRC) technique. Furthermore, the simultaneous
observer-identifier scheme is designed. The experimental results show that the adaptive control
based ADRC has better control performance than the conventional PID controller with feedforward
actions and regular ADRC. Addressing the vibration attenuation problem for vehicle suspension
system, Li et al. [56] applied the ADRC technique to the industrial applications of active vehicle
suspension system, the controller exhibits good robustness and easy implementation. Moreover,
the total disturbance of vehicle suspension system is estimated and compensated in the controller via
extended state observer. Among all of the experiments, the vehicle suspension system with ADRC
shows a best performance under different road profile.

2.2.2. Hierarchical Coordination Control Strategy of Electro-Hydraulic Control System

With the increase of control performance requirement and complexity of control system,
the decoupling control for multivariable and complex systems is no longer able to achieve the design
requirements. However, for many electro-hydraulic control systems, it is not required to decouple the
variables, but to maintain a certain coordination of multiple variables in control process. Therefore,
the hierarchical and coordinated control of electro-hydraulic control system becomes an important
research field.

Multivariable decoupling control is widely used in multivariable and complex electro-hydraulic
control system, and the working principle is that the coupling between controllers is used to remove
the coupling effect of controlled plant. Moreover, the multivariable control system with coupling
effect is decomposed into several single variable control subsystems to regulate separately. In 1960,
the first international federation of automatic control and Chinese scholar Tu Xuyan first proposed the
multivariable coordinated control theory. It is not only different from the non-interactional control put
forward by American scholars, but also different from the theory of self-regulation by Soviet scholars.

At present, the idea of hierarchical coordination control has been widely used in different
professional fields. Moghadam et al. [57] developed a hierarchical optimal controller, which is
simultaneous to control both the machining force and the axis position. The whole milling process
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is divided into two stages, and the two level targets are adjusted in the feasible range by weight.
However, during the transient process, a series of simulations show that the control method can only
make one target performance better. In order to enhance the vehicle dynamics stability and handling
performance for electric vehicle, an optimal two-layer control scheme with hierarchical structure is
proposed in the reference [58]. In fact, the upper controller based on sliding-mode control is in charge
of motion regulation, where the desired longitudinal and lateral forces and yaw moment is calculated
for keeping vehicle dynamics stability. The lower layer assigns the driving/braking torques to each
in-wheel motor with an optimization algorithm. Moreover, considering motor power capability and
tire workload, a cost function with adjustable weight coefficients is designed. The optimal control
scheme with hierarchical structure for electric vehicle is shown in Figure 4.

Wu et al. [59] developed a hierarchical control architecture based on the Takagi-Sugeno (T-S) fuzzy
model. Even if there are serious behavior changes of boiler steam turbines, the hierarchical control
can achieve the optimal control. Yao [60,61] developed the controller for an independent metering
control system with five cone valves, and the control characteristics is studied deeply. The two-layer
controller included the nonlinear robust adaptive controller and PID are designed, which achieves
trajectory tracking control and energy saving control. Moreover, the control system is composed of
five cone valves, where four valves are used for independently regulating the flow rate and pressure
in two chambers of actuator, and one valve is directly connected with the two cylinders for energy
regeneration. In addition, the two-layer controller is used for mode selection and flow-pressure control
with proportional valve, which includes the upper level controller with task switching and the lower
layer controller with flow-pressure control. Furthermore, both the pressure controller and flow rate
controller adopt robust adaptive control based on the nonlinear system model.

Figure 4. Optimal control scheme with hierarchical structure for electric vehicle.

Aiming at power distribution and coordination problem for the earth moving vehicle,
Zhang et al. [62] developed a generalized model for the multi-input and multi-output electro-hydraulic
transmission system, which adopts the method with linearization of nominal work points. Moreover,
the controller based on H2 and H∞ is designed for the control system. For the synchronous control
strategy of multi mechatronic control systems, since the coupling compensation rules is difficult to
be determined, and the amount of online computing is very large, Zhang et al. [63] put forward a
synchronous control idea with the minimum number of related axes. Moreover, the synchronization
control algorithm, which is based on the theory of adjacent coupling error and sliding mode control,
is developed. For the system model with large model uncertainties and external disturbances,
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Fang et al. [64] proposed a cross-coupling control (CCC) algorithm, which is based on Lyapunov
stability criterion and recursive updating technology. Indeed, the contour performance is obviously
enhanced by coordinating the motion of multiple axes.

In order to solve the motion synchronization problem for double-cylinder electro-hydraulic
elevator system, Sun and Qiu [65] presented a nonlinear control algorithm including two-layer
coordination controller. The synchronization controller of outer loop motion is designed, which is
based on robust control technique on linear multi input and multiple output (MIMO) control system.
Furthermore, the inner loop pressure controller for lifting oil cylinder is developed on the basis of
disturbance observation for nonlinear single input and single output (SISO) control system.

Aiming at the cylinder synchronous control system based on independent metering control
system, Zhu et al. [66] proposed a coordinated control strategy to realize the synchronous motion
control of two cylinders. In case of the slight fluctuation of friction force, an adaptive robust pressure
controller is designed to keep the pressure stable in the cylinder cavity, which is beneficial to the
accurate modeling of friction force. In addition, an adaptive robust controller is designed to improve
motion tracking accuracy of the cylinder, and the model compensation via the on-line assessment with
flow rate coefficient is enhanced. For inlet/outlet independently metering control of electro-hydraulic
system, Xu et al. [67] proposed a three-level controller to improve the energy utilization efficiency of
system. The upper level controller selects the appropriate operating mode by the requirement of load
and command speed. The lower level controller not only includes speed controller with the calculation
flow rate feedback and pressure controller with back-pressure feedback, but also includes the flow
rate controller by variable displacement pump. The middle level achieves the coordinated control
between pump-control and valve-control, so that the opening of the inlet valve can be kept as large as
possible. Due to the regulation of backpressure control and flow rate control, the system pressure loss
is reduced to a minimum, and the energy saving control of the system is realized. The control scheme
of independent metering valves-pump system for energy saving is shown in Figure 5.

Figure 5. Control scheme of independent metering valves-pump system for energy saving.

In order to realize coordinated control of multi-hydraulic-motor traveling system, the influence
of different characteristics amount on every hydraulic motor driving subsystem is considered.
Zheng et al. [68] put forward the adjacent cross-coupling strategy on the basis of the basic control law
with the tracking error, which introduces the tracking errors of the adjacent two axes into the controller
of local axis. The structure of multi-axis coordinated motion system based on adjacent cross-coupling
strategy is shown in Figure 6.
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Figure 6. Structure of multi-axis coordinated motion system based on adjacent cross-coupling strategy.

From above-surveyed on the control strategy for electro-hydraulic control system, the most
important research aspects are summarized, and listed below.

1. Because of nonlinear characteristics in electro-hydraulic control system, such as the nonlinearity
of pressure and flow rate in servo valve, the structure nonlinearity of differential equation,
traditional linear control theory has been unable to meet the requirements of high precision
control system. Therefore, advanced nonlinear control method based on nonlinear model are
always an important research topic.

2. With the rapid development of intelligent control algorithm, the compound control method
incorporated intelligent control algorithm and modern control is the trend of future development.

3. With the improvement of control performance requirements and complexity for electro-hydraulic
motion control system, the motion-force hierarchical and coordinated control based on
independent metering control has applied in operating control system of hydraulic excavator
and speed smoothness control system of heavy transport vehicles. However, electro-hydraulic
speed smoothness control and energy recovery for construction machineries and engineering
vehicles have been an urgent problem to be solved.

4. Aiming at the influence of various kinds of uncertainties and unknown disturbances in
electro-hydraulic motion control system, the active disturbance rejection control (ADRC)
technique assigns all uncertainties to the total disturbance of system and gives estimation and
compensation. Moreover, because of the good robustness and easy implementation, the ADRC
will be very useful in industrial applications. Then, ADRC and compound control strategy based
on ADRC are new research focus for electro-hydraulic motion control system.

5. Based on independent metering control and hierarchical control for electro-hydraulic motion
control system, motion-force control algorithm incorporated intelligent control algorithm become
a new research topic.

3. Nonlinear Modeling of Independent Metering Control for Electro-Hydraulic Mechanism

3.1. Non-Linear Modeling of Dual-Valve Independent Metering Control System

A dual-valve independent metering control system of electro-hydraulic power mechanism is
shown in Figure 7. The pressure and flow rate in inlet/outlet oil chambers of actuator are controlled
by a servo valve or proportional valve separately. On the basis of force balance equation and
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flow rate continuum equation with two working chambers, the nonlinear tracking control law for
electro-hydraulic motion control system is designed.



Figure 7. A dual-valve independent metering control system of electro-hydraulic power mechanism.

The nonlinear tracking control law mainly includes speed regulation loop and speed smoothness
control loop. In the former control loop, the reference pressure of actuator inlet chamber is obtained
from the desired running speed. And the reference backpressure of actuator return chamber is
obtained by calculating the balanced negative load. Through the coordinated control with pressure in
inlet/outlet oil chamber of actuator, the expected driving force can be tracked by hydraulic driving
force, then the tracking control of the motion control system can be realized.

Dynamic equation of servo valve can be approximated by the first-order, and it is described as:

•
xv = − 1

τv
xv +

kxu

τv
u (1)

where xv, τv, u, and kxu are the spool displacement, servo valve time constant, the control input,
and the gain of the spool displacement to the input of the servo valve, respectively.

Flow rate equation of servo valve port can be described as:

q1 =

⎧⎨⎩ CdWxv1

√
2
ρ (ps − p1), u1 ≥ 0

CdWxv1

√
2
ρ (p1 − pt), u1 < 0

(2)

q2 =

⎧⎨⎩ CdWxv2

√
2
ρ (p2 − pt), u2 ≥ 0

CdWxv2

√
2
ρ (ps − p2), u2 < 0

(3)

where Cd, W, xv, and ρ are respectively throttle valve orifice flow coefficient, servo valve orifice area
gradient, servo valve spool displacement, and hydraulic oil density, respectively. ps, p1, and p2 are
respectively the outlet pressure of the oil pump, the pressure of rodless chamber and the pressure of
rod chamber of the hydraulic cylinder.

Continuous flow rate equation of hydraulic cylinder inlet oil chamber and return oil chamber:

q1 = A1
dx
dt

+
V1

βe

dp1

dt
(4)
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q2 = A2
dx
dt

− V2

βe

dp2

dt
(5)

where V1 = V01 + A1x, V2 = V02 − A2x, βe, V1, V2, V01, and V02 are respectively the elastic modulus
of hydraulic oil, initial volume of inlet oil chamber and return oil chamber of hydraulic cylinder,
respectively. In addition, the impact of system oil leakage is ignored in above equation.

The following equation represents the dynamic behavior of motion control system:

A1 p1 − A2 p2 = m
..
x + Bm

.
x + FL (6)

where, A2, Bm, m, x, and FL are the effective piston area of the two chambers of cylinder, effective
viscous damping coefficient, mass of load, output displacement, and external load interference,
respectively. In addition, the impact of system oil leakage is also ignored in above equation.

3.2. Non-Linear Modeling of Pump/Valves Independent Metering Control System

A pump-valve independent metering control of volumetric hydraulic power mechanism is shown
in Figure 8. The flow rate and pressure in the inlet oil loop are regulated by variable displacement
pump, and electro-hydraulic proportional orifice valve in return oil loop is responsible for speed
smoothness control and back pressure regulation.

For positive load case, the proportional orifice valve is settled with damp operation mode.
Based on the system dynamics equation, flow rate continuum equation, and motion-force hierarchical
control theory, the reasonable control law design for variable displacement pump and proportional
orifice valve may make the rotational speed of the motor be smoothly controlled under sustained
negative load. However, the gravitational potential energy is consumed by the loss of throttling.

The torque balance equation of hydraulic motor can be written as:

pLDm = (p1 − p2)Dm = Jm
.

ωm + Bmωm + TL (7)

where Jm is total moment of inertia for the motor and load, Bm is viscous damping coefficient, and ωm

is actual speed of motor. TL, Dm are external load torque and displacement of the motor, respectively.
p1, p2 are the pressure in cylinder chambers, and pL is the load pressure of the motor.

 

Figure 8. A pump-valve independent metering control of volumetric hydraulic power mechanism.

The flow rate continuous equation for pump-control-motor system is as:

ωpDp =
Vt

βe
Δ

.
p + ωmDm + CLΔp (8)
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where Vt is the volume of a chamber, βe is the effective volume elastic modulus, and CL is the
leakage coefficient.

The displacement of variable displacement pump is regulated by the electro-hydraulic
proportional driver. The controller converts the input voltage signal into the corresponding
current signal, which drives the proportional actuator of variable displacement pump to control
the displacement. The displacement of variable displacement pump could be shown by:

Dp = KppKpiup (9)

where Kpp is the gain of electro-hydraulic proportional valve, with which regulate the displacement of
variable pump, Kpi is the gain of electro-hydraulic proportional driver of walking pump.

The response of proportional relief valve can be simplified to first order system, and the output
pressure pb of proportional relief valve is proportional to input drive current I. Indeed, the proportional
amplifier converts the input control voltage u into the drive current I. The first order system for
proportional relief valve can be written as:

pb =
Kpv

Tpvs + 1
I =

KpvKdi

Tpvs + 1
u (10)

where Kpv and Kdi are the amplifier gain factor of relief valve and proportional amplifier, respectively.

4. Electro-Hydraulic Speed Smoothness Control and Energy Recovery for Heavy Vehicles

Under the flat road and climbing conditions, the displacement pump of the walking system
for heavy-duty vehicles is driven by the engine. The speed regulation of hydraulic motor is mainly
controlled by displacement regulation for variable displacement pump. However, if there are no
necessary retarding measures under long down-slope, the speed of vehicle will continue to increase
under the influence of gravity. Traditional braking methods use the travelling brake and parking brake
on each motor to maintain the speed of vehicle.

However, when the transport vehicle is downhill for a long distance, using a long-lasting brake to
control the speed will cause overheating on the brake pads, which results in brake failure and safety
accidents. Therefore, in order to ensure the function of speed regulation when going downhill and
at a constant speed, an auxiliary continuous braking scheme is needed. Current major solutions of
retarded braking for heavy vehicle include hydraulic auxiliary brake, eddy-current auxiliary brake,
engine auxiliary brake, etc.

In view of electro-hydraulic retarding control strategy and energy recovery and reutilization for
heavy vehicles, Amir et al. [69] proposed a nonlinear control method based on adaptive sliding mode
control, which solves the problem of engine torque control in regenerative mode. Experimental results
show that the controller has better performance, such as robustness, convergence of tracking error,
and anti-interference characteristics.

Aiming at the problem of high idle speed and high fuel consumption with the engine in the
long-distance downhill condition, Jin et al. [70] designed an anti-drag feedback electric drive system
and raised a three-layer speed smooth control strategy. The upper control algorithm determines the
driving state of vehicle in accordance to the influence factors, such as drag state confirmation value,
vehicle speed and engine speed. The middle controller is in charge of starting and running control,
and simultaneously realizes the tracking of rotor frequency and voltage to reduce the impact of starting
current. The lower controller deals with the driver’s brake pedal and operational intent, where normal
exit and emergency braking intention are judged according to the brake pedal opening and its change
rate. Moreover, the output anti drag speed is calculated by brake pedal opening and bus voltage.
The control scheme of proposed three-layer speed smooth control is shown in Figure 9.
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Figure 9. Control scheme of three-layer speed smooth control.

Aiming at the problem of speed regulation and energy recovery in hydraulic drive system
for construction machinery, for instance hydraulic excavator under intermittent negative load,
Wang et al. [71,72] proposed a control scheme of energy regeneration based on a hydraulic
motor-generator, which achieves satisfactory control effect in the experiment. In the reference [73],
an engine brake mechanism design for diesel engine application with decompression effect is presented,
with which the emissions are drastically reduced, even eliminated. Considering the problem of
insufficient braking torque with eddy current brakes (ECB) at low speeds, Karakoc et al. [74] studied
new methods of improving the generation capacity of braking torque with ECB. Aiming at the
shortcomings of heavy duty vehicle in retardation braking, Zhang et al. [75] proposed a design scheme
of hydraulic auxiliary retarder, which mainly consists of hydraulic pump/motor element, accumulator
and relief valve, etc.

Hong et al. [76] proposed a speed smooth control system of vehicle, which composes of the
braking monitor, wheel slip controller, and target slip assignment algorithm. The extended Kalman
filter is used to estimate tire braking force at each wheel, the brake disk-pad friction coefficient, and the
lateral tire forces. Sliding mode control method is used to design the wheel slip controller, and the
control input is calculated by the estimated braking forces and brake disk-pad friction coefficient.
The performance and effectiveness of proposed vehicle speed smooth control system are proved in
hardware in-the-loop simulator (HILS) experiments.

For the hydrostatic driving system of closed-type pump-control motor applied in the tunnel
segment truck, Li and He [77] designed a hydraulic retarder continuous braking device embedded
into the hydraulic drive system. The devices are constituted of constant pressure pump, proportional
relief valve, and other electro-hydraulic components. And it makes up for the problem of brake
overheating caused by braking for a long time, which easily leads to brake failure and safety accident.
The architecture schematic of close pump-controlled motor hydraulic system is shown in Figure 10.
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Figure 10. Architecture schematic of close pump-controlled motor hydraulic system.

Shen et al. [78] analyzed the influence of displacement with a hydraulic pump on braking
performance for hydraulic driving vehicles under long down-slope, and proposed the principle that
hydraulic system and anti-drag braking ability of engine should be exerted reasonably. For the
research on eddy current retarder of heavy-duty vehicle, Ni et al. [79] optimized the design of eddy
current retarder based on the robust optimization theory. Wang [80] proposed a new system structure
scheme, which combines the hydraulic motor-generator energy recovery unit and series throttling
valve. Furthermore, a stepwise optimization design method with structural parameters of stator and
rotor is proposed.

Energy recovery of heavy engineering vehicles under sustained negative load can not only
improve energy efficiency, but also extend the life of vehicle components. Moreover, it is of great
significance for the requirements for energy saving and emission reduction. In order to regenerate
vehicle vibration into electric power and adjust the required damping according to the road condition,
Xie et al. [81] proposed an active control approach to recover energy from damped and regenerative
dampers. In addition, an electromagnetic energy harvesting damper with 12 independently controlled
slot winding sensors (SWT) is designed. Ho et al. [82] presented a hydraulic energy regeneration
system based on closed-loop hydraulic transmission device, and a hydraulic accumulator is used
as an energy storage system to recover kinetic energy without any reversal of fluid flow. Moreover,
a hierarchical control system is established, and adaptive fuzzy sliding mode control is designed for
speed control of secondary device.

At present, the technology has been applied to the hydraulic system of excavators. Energy recovery
usually uses two types: no energy storage devices and energy storage devices. The former mainly
reuses the cycle energy through energy regeneration systems, but the energy utilization is limited,
which restricts its application [83]. The latter mainly includes mechanical, hydraulic recovery, electrical
recovery, and hybrid.

Through mechanical recycling technology, the recovery energy is converted to kinetic energy
of flywheel. And the energy is released when needed, which plays the role of auxiliary oil supply.
Although the technology has been applied in hydraulic system, the controllable performance is not
ideal. Hydraulic recovery technology mainly uses the accumulator to realize the recovery of system
pressure and potential energy. The technology is relatively mature, and is more suitable for occasions
with changeable working conditions. Caterpillar et al. [84] used accumulator to recover the large
chamber pressure of hydraulic brake and redundant power of pump, and the effect energy saving is
improved well. Domestic universities are also actively studying hydraulic energy recovery technology,
such as Zhejiang University, Central South University, Jilin University, etc. The energy recovery of
boom and swing system in hydraulic excavator had also seen great progress [85].

With electric recycling technology, the recovered energy is converted into electrical energy storage
or direct output. This form has good energy saving effect and good controllability, but the cost of
hydraulic system is high [86]. Hybrid technology used two or more power sources to provide power.
The technology is widely used in hybrid-electric mixed applications, which is composed of engine
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and electric generator in construction machinery. Hybrid power technology can effectively exert the
advantages of each power source to improve overall system efficiency.

Through a lot of literature analysis and actual investigation, we can know that the application of
hydraulic auxiliary braking and eddy current braking is limited in the actual construction, which is
restricted by the installation structure and safety requirements of heavy transport vehicles. In addition,
since braking force provided by the engine is limited, it cannot be accurately controlled.

Aiming at the study on speed smooth control for heavy vehicle under long down-slope, it is mainly
focuses on the following aspects: design of hydraulic retarder devices and system, multi-layer speed
smooth control strategy and motion-force control algorithm, coordination control for energy saving,
and integrated energy management scheme for energy recovery and utilization is also a research
hotspot. However, research progresses on design of retarder system and speed smoothness control
strategy with motion-force hierarchical control architecture for heavy vehicles are comparatively scarce,
especially in practical engineering applications. But that is indeed a technical problem urgently needed
to be solved in practical engineering.

Motion-force hierarchical and coordinated control scheme, which is based on the inlet/outlet
independent metering control, is applies to the study of speed smoothness control for a heavy
vehicle, and it is improved an effective solution to promote the research. Moreover, introducing
active disturbance rejection control (ADRC) in the study on speed smoothness control strategy for
heavy vehicles is of great practical value for engineering applications. The influence of uncertainty
disturbances, such as the uncertainty of road condition, the descent force and system parameters of
heavy vehicle is unified as the total disturbance of the system. Then the disturbance is estimated
and compensated online by the extended state observer. Since the ADRC does not require accurate
mathematical models, and has strong robustness and engineering practicality, it has become an effective
solution for the design on speed smoothness control for heavy vehicles in practical applications.

The speed smoothness control for heavy vehicles means that the travelling speed can be controlled
and maintain the speed smooth under sustained negative load, which needs to solve the coupling
influence between speed regulation and load variation suppression. However, some disadvantages
existed in current electrohydraulic retarding technology solutions and are listed below:

1. Through continuous braking of the brake, sustained negative loads may be fully suppressed,
but that will cause the serious braking heat as well as decline of braking performance, especially
under long down-slope. Although intermittent repeated braking can improve this problem to a
certain degree, the speed smoothness is not good.

2. The solution, employing pump-controlled speed regulation and electro-hydraulic proportional
balancing valve for back pressure regulation, can decouple speed control and negative load
suppression, and brake slow speed is not required for long downhill slope. Moreover,
the balancing valve is equipped on return line, which facilitates cooler arrangement for forced
cooling, and response speed due to valve-controlled back pressure regulation. However,
the disadvantage of this scheme is that it cannot recover downhill potential energy.

3. Given that the solution of speed regulation with pump-control and speed smoothness control
with retarder pump retardation solution, downhill potential energy is absorbed by the engine
load and other hydraulic circuits, and the remaining energy is further utilized by the retarder
system. Although this scheme recovers part of the downhill potential energy, system structure is
complex and limited by installation space, especially while the additional weight and installation
space of the recovery device is strictly required in practical engineering application. In addition,
response speed is slower compared with the above scheme.

4. Dual-valve independent metering scheme can achieve coupling influence between speed
regulation and negative load suppression, and it has a simple structure and fast response.
This solution, combined with the accumulator, can supply the cooling circuit with oil, and partially
recover of downhill energy. But the disadvantages are that the throttling loss is serious, and the
energy efficiency is lower compared with pump-control regulation.
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The electro-hydraulic retarder control strategy for heavy vehicles, which is studied in this paper,
is based on the inlet/outlet independent metering control of electro-hydraulic power mechanism.
Due to the increase of system control variables, the flexibility of system control system is greatly
improved and the energy efficiency is also raised. However, so far, the research achievements in this
respect are limited, and the research group conducted little research in this aspect.

5. Conclusions

Inlet/outlet oil independent and coordinated control for electro-hydraulic power mechanism
improve the control flexibility compared to ordinary electro-hydraulic control valve, and effectively
solve the serious coupling influence between speed regulation and load variation suppression,
especially sustained negative load. Combined with digital intelligent control and advanced
displacement control technology, the inlet/outlet oil independent and coordinated control
scheme reduces metering losses of valve-controlled and pump-controlled electro-hydraulic system,
for example, reduction of throttling loss, energy regeneration and recuperation, as well as maintaining
the excellent dynamic performance. However, it not only increases the control system complexity
and reduces the reliability, but also increases the production and maintenance costs, which greatly
restricts the application in a practical engineering project. Moreover, the inlet/outlet oil independent
and coordinated control faces challenges, such as smooth switching between different control
modes, combination with advanced pump control technology, and better maintainability and
redundancy strategies [87].

With the development of computer control technology and advanced power electronics
equipment, for instance, various high precision sensor, the new electro-hydraulic control components
with digital control have appeared, and it usually include the digital programmable valve and flow rate
amplifier valve with digital pilot, etc. Moreover, the new control components apply to independent
metering control system, which promotes the modern intelligent control for electro-hydraulic system.
However, most of the digital valves currently studied are only as high-speed on-off valves. Because of
the limitation with their structure, it can only be applied to pilot control and small flow rate
control applications.

For the electro-hydraulic power mechanism under sustained negative load, the inlet/outlet
oil dependent metering control system with motion-force hierarchical control architecture mainly
includes the following research aspects: flow rate and pressure independent regulation, the decoupling
mechanism and method between speed control and speed smoothness control, the motion-force
hierarchical and coordinated control, the robust control for variable parameter and soft parameter,
dynamic feature recognition method for long time and continuous running system, and integrated
energy management scheme for energy recovery and utilization.

Meanwhile, with the influence of various kinds of uncertainties and unknown disturbances in
electro-hydraulic motion control system, the active disturbance rejection control (ADRC) technique
assigns all uncertainties to the total disturbance of the system and gives estimation and compensation.
In addition, because of the good robustness and easy implementation, it will be very useful in industrial
applications. Consequently, ADRC and compound control strategy based on ADRC will become a hot
research focus for an electro-hydraulic motion control system.

At present, the inlet/outlet oil independent metering regulation and the motion-force coordinate
control have become a hot topic in the field of electro-hydraulic control. And it has been successfully
applied in the electro-hydraulic swing and execution system of hydraulic excavators and the speed
smooth control system of heavy transport vehicles. However, the systematic achievement and research
has not appeared in the independent adjusting mechanism of hydraulic power mechanism under the
sustained negative load. Especially, in the speed smooth control strategy and energy saving control for
moving body machine power mechanism under sustained negative load. Energy recovery schemes
in many cases are limited in case of considering the addition mass of energy recovery component
(e.g., for the electro-hydraulic walking system on the long downhill, the volume and additional weight
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of the accumulator for storing gravity potential energy are too large to be applied in practice) and
the safety-request (e.g., the grid feedback is not allowed due to the spark of the pantograph) in a
construction site. In addition, it is also necessary to be considered the cooling problem caused by
the braking.

In summary, for electro-hydraulic motion control system under sustained negative load,
the research fields, including comprehensive analysis, the independent and coordinate control strategy
based on motion-force hierarchical control architecture, and compound control strategy based on
ADRC are the future trends. Especially, the research is of the important theoretical significance and
engineering application value for promoting the overall control performance in electro-hydraulic
motion control system. At present, there are still some systematic and thorough problems in
coordinated control and energy recovery method with low cost. With the developments of cybernetic
physical system, field bus, intelligent control, and big data and applications in hydraulic control
system, more and more coordinated control and energy recovery method will be proposed and applied
in hydraulic system under continuous negative load.
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Abstract: Because of its cleanness, safety, explosion proof, and other characteristics, pneumatic
technologies have been applied in numerous industrial automation fields. As a key controlling
element of a pneumatic system, electric-pneumatic pressure proportional valves have attracted
the attention of many scholars in recent years. In this paper, in order to illustrate the research
status and the development trend of electric-pneumatic pressure proportional valves, firstly, several
related technologies will be introduced, for example, simulation methods and experimental modes.
In addition, controlling methods, structural styles, and feedback forms are also compared in several
types of pressure proportional valves. Moreover, the controlling strategy, as a significant relevant
factor affecting the efficiency of valves, will be discussed in this paper. At the end, the conclusion and
worksof electric-pneumatic pressure proportional valves in the future will bediscussed to achieve the
electrical integration.

Keywords: pneumatic system; proportional pressure valve; proportional electromagnet; compressed
air; regulator

1. Introduction

Pneumatic technology was first developed in the military field to realize the stable control of the
space vehicle and the missile altitude. Shearer [1] has developed the pneumatic technology in the
control system in 1956. Burrows [2,3] has designed a switch servo control technology, and applied it to
the pneumatic servo mechanism so that a point-to-point control can be achieved although with a low
accuracy. Pneumatic technology is an important method of automatic production. Pneumatic systems
are widely used in various fields, such as semiconductor/microelectronic manufacturing, biological
engineering, medicine industry, and so on. Proportional valves play an important role in pneumatic
servo control system. The first person who developed pneumatic servo valves is W. Professor [4]
back in 1979, who promoted the rapid development of servo control technology. In the late 1980s,
the pneumatic control system developed into an accurate proportional servo control based on nozzle
flapper pneumatic servo valves and pneumatic proportional solenoid valves, which was replaced by
the position and speed of the programmable controller [5–7]. The electric proportional pressure valve
was born and started to develop rapidly since then.

Electric-pneumatic pressure proportional valves are introduced in control mode, control method,
internal structure, and other aspects in this paper. In addition, the research methods, research contents,
and developing trend of the electric-pneumatic pressure proportional valves will also be introduced.

Appl. Sci. 2017, 7, 1074; doi:10.3390/app7101074 www.mdpi.com/journal/applsci
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2. Research Status of Electric-Pneumatic Pressure Proportional Valve

Pneumatic high-speed switch solenoid valve contains many advantages, such as small size,
convenience in integrating, anti-pollution, low production costs, and high speed. It is more common
for solenoid valves to be the pilot level proportional pressure valves, which are composed of a main
valve, a pilot control valve, a digital controller, and a pressure sensor [8–11]. The pressure sensor is
used to detect the pressure of the outlet; it is a closed-loop control, as shown in Figures 1 and 2.

Figure 1 is a modified polyphenylene oxide (MPPE) type electric proportional valve of FESTO
Company; Figure 2 is the ITV series valve of SMC Company. There are differences between them,
but the principles of both are the same. The square wave signal is controlled by the digital controller
output of the electromagnetic pneumatic pressure proportional valve in Figure 3, pilot inlet valve a
and exhaust valve b are controlled by square wave signal. When the intake valve a is opened and the
exhaust valve b is closed, the output pressure of the pilot valve can be increased, at this time, the active
valve core is pushed, and the airflow is increased due to the opening of the opened throttle, the intake
port P is connected to the output port Pa.

 
(a) (b)

Figure 1. FESTO proportional valve. (a) FESTO pneumatic pressure proportional valve modified
polyphenylene oxide (MPPE); (b) FESTO MPPE proportional valve working principle diagram.

 

(a) (b)

Figure 2. SMC pneumatic pressure proportional valve. (a) SMC ITV series electric proportional valve;
(b) SMC ITV electric proportional valve working principle diagram.

 
 

(a) (b)

Figure 3. Switch solenoid pneumatic pressure proportional valve. (a) Solenoid valve control circuit
diagram; (b) Schematic diagram of switch solenoid valve.
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Switching solenoid pneumatic pressure proportional valve has been studied by a large number of
scholars both at home and abroad [12–15], among whom the most representative research is the Parker
P3P-R pneumatic electromagnetic proportional valve conducted by Massimo Sorli [16–18]. Parker
P3P-R pneumatic solenoid proportional pressure relief valve is a common market in the typical switch
solenoid pneumatic pressure proportional valve, as shown in Figure 4a,b. Based on the relationship
among the internal parts of the valve, the nonlinear mathematical model of the valve is established,
and the dynamic behavior of the valve in the time domain and the frequency domain is studied with
numerical analysis and experiments.

Massimo Sorli discovered that when the output pressure of the pressure-reducing valve reaches
the preset pressure, the two switches in the control chamber will remain closed, hence there is no
excessive energy consumption. However, when the preset pressure changes, it needs to adjust the
control valve in the cavity to control the pressure in the valve cavity, frequent opening and closing,
and the slow response of the valve, which causes the output frequency response of low pressure valve.

At the same time, the correctness of the mathematical model of Massimo Sorli has been verified,
as shown in Figure 4c. Figure 4d is the frequency response of the valve; the results show that the
cutoff frequency of the pressure relief valve is 5 Hz. When the valve reaches a frequency of 5 Hz,
the pressure chamber will show instantaneous fluctuating pressure and flow and the valve precision
will be affected due to the unavoidable limited movement position that is caused by valve position.

 
(a) (b)

(c) (d) 

Figure 4. ParkerP3P-R pneumatic solenoid pneumatic pressure proportional valve. (a) P3P-R
pneumatic solenoid pneumatic pressure proportional valve; (b) Schematic of P arkerP3P-R pneumatic
solenoid; (c) Sinusoidal tracking signal; (d) Frequency response.

Switch electromagnetic pneumatic pressure proportional valve has the advantages of consuming
low energy, having a simple structure, low costs, and so on; it has obvious advantages in static pressure
regulation. It is insensitive to the rapidly changing pressure signal because it has a low frequency
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response. At the same time, in the process of pressure regulation, the pressure loss in the control
chamber is large, which seriously affects the service life and the reliability of the pressure reducing valve
and also restricts the application of switch electromagnetic pneumatic pressure proportional valve.

At present, the most effective way to improve the lifespan of switch electromagnetic pneumatic
pressure proportional valve is to increase the frequency of the switch [16–19].

3. Related Technology Research Progresses

3.1. Numerical Simulation Researches

Pneumatic pressure proportional valve is composed of more complex pneumatic components,
including a variety of gas, pneumatic actuators, controllers, and electrical mechanical converters.
When analyzing the relationships among various components of the valve, the numerical analysis
method is often used, which can predict the performance of the valve, optimize the structure design of
the valve, and improve the design efficiency.

Electric mechanical converter will be the proportion of the input current or voltage converted into
force or displacement output through the armature of special design. To establish the mathematical
model is the key for modeling proportional solenoid valve. Vaughan, N.D., Gamble, J.B. [20] proposed
a kind of nonlinear dynamic model of high speed solenoid valve that comprises of a proportional
solenoid and the spool, and the model can accurately predict for a given input voltage steady state and
dynamic response. The dynamic analysis of the proportional pressure valve is carried out by Dasgupta,
K. and Karmakar, R. [21,22]. The dynamic mathematical model of the valve is established, and the
flow characteristics of the valve pressure are taken into account to improve the dynamic response
characteristics of the pressure valve.

Excepting the direct relationship between the input signal and the output force, the magnetic
circuit analysis is a common method thatcan clearly identify each physical quantity and can be used
to analyze the static performance of electromagnet. However, the magnetic circuit analysis method
cannot describe the dynamic of the electromagnet. In the current study, the researchers tend to limit
the method to establish the mathematical model of the electromagnet [23].

For example, Kawase, Y. and Ohachi, Y. [24] analyzed various characteristics of electromagnets
by using the finite element method, including resistivity, response speed, and material properties.
The finite element model has the advantages of high precision, but it is difficult to use it to find out
effective results because there is a large amount of calculation and complex algorithm.

Furthermore, except for the mathematical models, there are semi-empirical modeling methods in
which the experimental data are used to fit the nonlinear part of the system [9,20,25–27]. In the research
of proportional electromagnet circuit, there is the nonlinear induced voltage of the electromagnet
motion and in the modeling of a proportional electromagnet, it is hard to find the reasonable
approximation of induced voltage.

Many scholars estimated the induced voltage indirectly, that is to say, that they obtained the
relationship between the induced voltages by fitting the experimental data. The semi-empirical model
is used to study the approximate the induced voltage in XU [25], which is based on the relationship
between the output force of the electromagnet and the armature. The linear least square method is
used to fit the static experimental results of electromagnetic force, and further obtain the approximate
nonlinear induction voltage.

Vaughan [20] used a semi-empirical modeling method to estimate the electromagnet as a pure
combination of resistance and nonlinear inductance. The coil current and magnetic flux are calculated
by experiment. In Elmer’s Research [26], which is based on the linear relationship between the
reciprocal of the equivalent inductance of the coil and the coil current, the linear coefficients are fitted
by the experimental data but are less effective. The reason is the ignorance of the influence of the
armature displacement on the output force of the proportional electromagnet.
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A pneumatic pressure proportional valve for ankle foot orthopedic instruments was studied
by Lescano, C.N. [28]. Based on the linear model of the voltage signal and the output pressure,
the dynamic response of the pneumatic pressure proportional valve is studied and the open-loop
transfer function model of the system is obtained, as shown in Figure 5. Finally, the model is verified
by experiments. It can guide the development of driving system of medical instrument gas.

(a) (b) 

Figure 5. Linear model of Lescano, C.N. voltage signal and output pressure. (a) Schematic of pneumatic
pressure proportional valve circuit; (b) Comparison of model validation.

When compared with the finite element method, the semi-empirical modeling method can solve
the problem in proportional electromagnet design. However, the non-human factors often affect
the accuracy of calculation. Therefore, the researchers often combine finite element methods such
as the magnetic circuit structure, material properties, and other physical quantities obtained by the
finite element method, thus improving the accuracy of the calculation done by the semi-empirical
modeling method.

Massimo Sorli [29] used the finite element method and the semi-empirical model to build the
mathematical model of the proportional electromagnet, as shown in Figure 6. The data of Speedance
and differential inductance are calculated by finite element method. The semi-empirical modeling
method, combined with the finite element method, has the advantages of a high accuracy in calculation,
simplified calculation, and high efficiency, and is widely used now [27].

 
(a) (b)

Figure 6. Electromagnet model of Massimo Sorli. (a) Electromagnet model; (b) Finite element model.

3.2. Modeling of Mechanical Structure

The key of structural modeling of pneumatic pressure proportional valve is the modeling of
the valve core, in which the force balance is the essence of pneumatic pressure proportional valve.
The forces acting on the valve core include friction force, driving force, aerodynamic force, and contact
force, and in this paper, various forces will be introduced.
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The contact forces also include the spool stroke limit force and the contact force between the valve
cores, while the spool stroke limit force is the key to the valve core modeling. The earliest research
on the spool stroke limit force is done by Kukulka [15]. They used a simple method to make it easy
to travel limit force to a special spring, which is related to the amount of compression. Kukulka
determined the relationship between the stiffness and the amount of compression.

Elmer [26] continued the study of Kukulka and found that there was no relationship between
the stiffness of the special stiffness and the amount of compression. Based on this, the limit force is
simplified as an ordinary spring with an elastic coefficient. It has been pointed out that the contact force
between the valve core and the contact material is the hard point in valve core modeling. Massimo
Sorli [16] studied this problem and came up with the assumption that the core and contact material are
simplified as a spring damping system, and the results are verified by numerical simulation.

The friction force is generated by the contact between the sealing ring and the metal wall of the
valve core, and it has been studied by a large number of scholars [30,31]. At present, the most widely
used friction model is “Stribeck + viscous friction + Kulun + static friction”:

Ff =

{
sag(

.
x)

[
Fc + (Fs − Fc)e −

∣∣ .
x/

.
xs
∣∣]δs + b

.
x

.
x �= 0

Fe else
(1)

In the formula, Fc refers to the dynamic friction force of Kulun, Fs refers to the maximum
static friction force, b is a viscous friction coefficient, and

.
x is Stribeck velocity. The input multiple

superimposed flutter signal allows the spool to do a small reciprocating motion, which can effectively
eliminates the static friction, thereby eliminating the influence of static friction.

Therefore, the model can be considered without static friction. The viscous friction force is often
used for modeling the viscous friction; the absolute value of the spool speed is in proportion to the size
of the viscous friction, while the direction of the force is opposite to the direction of the spool [14,19,25].
The viscous friction coefficient is determined by the trial and error method.

Aerodynamic force is the key factor that must be taken into account during the modeling process
of the valve core. This is because the changing rate of the aerodynamic force with the displacement
of the spool is large, which makes the aerodynamic force enable to produce considerable equivalent
stiffness [32]. For this problem, the method of gas resistance is often used, [33]. According to the
law of gas flow to the general conversion formula, Piao [34] proposed the concept of air resistance
characteristic in series and obtained the conclusion that all of the nonlinear gas resistance has a common
series of characteristics. Liu [35] established the model and condition of gas volume, air resistance,
and gas resistance in the pneumatic stripping system, and obtained the parameters of air volume and
air-flow in pneumatic stripping. In addition, some other scholars have made a preliminary study of
the gas resistance and gas content [36].

3.3. Modeling of Gas Flow Characteristics

In terms of the analysis of gas flow characteristics of pneumatic pressure proportional valve,
many scholars studied the flow characteristics of the gas passing through the valve port and the
thermodynamic properties of the gas in the cavity [32].

By simplifying the complex process of flowing through the valve port of the gas, the process is
considered as a constant flow of the nozzle in the research of Venant. If it is assumed that the specific
heat of gas is constant, the one-dimensional constant drop flow equation of the ideal gas passing
through the contraction nozzle can be presented like:

.
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In the formula, R is the gas constant, Tu is the upper temperature of the gas, m is the gas mass
flow through the valve port, Pu and Pd are the downstream pressure of the contraction pipe, and Ct

is the critical pressure ratio. For air, Ct = 0.528. When the pressure difference between upstream
and downstream is very small as ΔP = (Pu − Pd) → 0 , this excessive gain will enlarge the error in
numerical calculation. At the same time when ΔP → 0 , the gas flow rate approaches 0, and the flow
of gas is laminar flow, expressing the gas flow in the quality problems. In order to solve this problem,
the following modified formula is needed:

.
mt =
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In the formula, βlam is the threshold value which is 0.995~0.999, b is Ct in the formula and ka is
the compensation coefficient.

The actual pressure proportional valve orifice is not smooth; it causes the flow loss of the
convective gas [37]. Therefore, the actual flow quality is less than the theoretical value of the formula,
in order to further improve the flow quality it needs the following formula:

.
m = Cd · .

mt (4)

The experimental results showed that the flow coefficient Cd in different types of orifice is different.
Perry [37] further suggested that the flow coefficient Cd in the orifice is related to the upstream and
downstream pressure ratio, and established the corresponding relation. Reid [38] and Fleischer [39]
established the relationship between the flow coefficient and the orifice geometry. The empirical
formula of flow coefficient Cd and upstream and downstream pressure ratio is given by Mozer [40].
In addition, some scholars further standardized the calculation of Cd based on the empirical formula
of Mozer.

For the study of gas in the cavity of thermodynamics, both domestic and foreign scholars
all referred to the ideal gas state equation, the mass continuity equation, and the first law of
thermodynamics. The differential equations of pressure and temperature are established, and then the
differential equation is simplified. Massimo Sorli [14] calculated the gas in the cavity, and the variation
law of pressure in the cavity is given by using the ideal gas state equation. According to the law of
adiabatic change, the change of pressure and temperature of the gas in the cavity is obtained according
to the change rule in research on Nabi [41]. Cai thought that the heat exchange between the gas and
the inner wall of the cavity could be deduced from the energy equation. Richer [38] thought that the
gas’s physical changes of entering and leaving the gas chamber are different. It is suggested that when
the gas enters the gas chamber, the adiabatic process can be used to estimate the gas. But when the gas
flows out of the chamber, it is isothermal.

4. Proportional Controller

4.1. Research on Proportional Controller

Proportional controller and proportional solenoid actuator cooperate with each other to convert
the electrical signal (voltage and current) into force proportional to the displacement of the physical
output, and their performance often depends on the level of them. The proportional controller is
the key of the whole conversion element, which has attracted much attention in both domestic and
abroad researches.

The earliest research on proportional controller is developed in Europe and the United States,
and other hydraulic components companies, including Moog, Towler, Vickers, as well as Japan’s oil
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research company. With the development of pneumatic technology, some pneumatic components
manufacturers such as ASCO, SMC, FESTO, etc., also joined the ranks of the proportional controller.
Figure 7a is a Control D type proportional NUMATICS’s controller that comprises a power unit, signal
processing unit, and a main control unit, according to the input coil current in proportional valve
control. It can also be connected to the PC through the mini USB, to support open-loop control, single
closed-loop control, and double closed-loop control mode, as shown in Figure 7b.

(a) (b)

Figure 7. NUMATICS D Control proportional controller. (a) Control type proportional controller;
(b) Schematic diagram of control mode.

In the research of component level controller, the power drive circuit is the main research object.
The performance of the simulation is poor, the power is low, and it is not easy to integrate. The switch
has many advantages, such as high efficiency, small size, and low power consumption.

Figure 8 is the topology of the common high side single tube drive circuit. Liu [42,43]
wanted to improve the performance of a single drive circuit based on the structure of the proposed
“anti-unloading structure”. As shown in Figure 9, the improved structure and the current drop speed
are obvious, but it consumes more power. Nie [44] further improved the anti-unloading structure,
including the proposed three state modulation proportional electromagnet power anti-unloading
mode, the driver, and the realization of arbitrary current control and tracking, which has made great
progress. Rexroth proposed the “supercharged driven” method, in which when the current rises,
it provides the voltage booster circuit, making the current rapidly rise and improving the driving
circuit and the frequency of response. Amirante [45] used the method of “boost drive” in the control
of proportional directional valve and put forward the method of increasing current drive, which
improved the response time of the control circuit.

Figure 8. High side single tube driving circuit.

309



Appl. Sci. 2017, 7, 1074

Figure 9. Anti unloading driving structure.

With the development of electronic technology, the integration of the proportional controller is
increasing. In addition to the proportional control circuit, there are many independent modules in
the control chip, with the advantages of high integration, low cost, and high performance. Figure 10
represents the design of Infineon R & D of proportional solenoid driver chip, which contains the driver
transistor, the transistor, and the current recovery resistor. It is composed of a current detection circuit,
power driver circuit, and chatter generation circuit with the purpose of realizing the closed-loop
control of the coil current. The principle of the control is to adjust the switch of the power tube by
dynamic adjustment, so that the coil current reaches the set value. It is widely used in the middle
precision proportional control.

 
 

(a) (b) 

Figure 10. Infineon Company’s proportional solenoid drive chip. (a) Driver chip; (b) Schematic
diagram of current control.

When compared with the design of system level and component level proportional controller
proportional controller, the former one more focuses on the overall performance of stability, reliability,
and universality, and it is the component proportion controller after a certain stage of development of
the new design idea. The latter satisfies the reliability level of the proportional controller. As far as the
domestic research design is concerned, there are a number of universities and research institutes in
China that are only in the experimental stage.

4.2. Research on Control Strategy

The control strategy determines the performance of the pneumatic pressure proportional valve to
a great extent, and in the choice of control strategy, it needs to be combined with various components
of the function to give full play to the performance of various components. Effective control strategy is
the principle in designing the proportional valve. According to proportional pressure relief valve with
no pressure electrical feedback, pneumatic pressure proportional valve can be divided into closed-loop
control and open-loop control. While the control modes can be divided into sliding mode control and
adaptive control.
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The current control of solenoid coil is the key of open-loop control design. In the early stage,
the coil current is controlled by the P or PI circuit, but it has many disadvantages like poor flexibility
and a complicated operation process. Subsequently, the digital controller has been widely used and
the coil current control is generally controlled by Proportion Integration Differentiation (PID). Many
foreign and domestic scholars have conducted a research on how to improve the accuracy of current
control. Ally [46] and Liu [47] studied the control system and since the effect of controller depends
on the exact mathematical model of the controlled system, the adaptive parameter method, based
on Lyapunov analysis, can compensate the uncertainty of system parameters. Lee, S.R. [48,49] used
the least square method to identify the system in real time. Based on this, the controller is designed
according to the pole placement.

Based on the embedded model control theory, the embedded model is established in Canuto’s
control system [50]. The utility model achieved the purpose of suppressing the disturbance of the
current value and the voltage value of the coil, and realized the accurate control. The control strategies
are based on the comparison between the current and the current in the coil. But in fact, the increase
in the coil temperature leads to changes in coil resistance and furthers the instability of the current
in the coil, therefore, some scholars think from the perspective of how to keep the coil resistance
constant. Based on the iterative method derived from the fixed point theory, Jung [51,52] estimated the
parameters of the coil resistance. Furthermore, the current value of the coil keeps a linear relationship
with the duty cycle of the Pulse Width Modulation (PWM) drive signal. Lannone [53] proposed a
hardware compensation scheme of coil resistance, the resistance increase of auxiliary circuit real-time
measurement coil values, the measured resistance value, and the duty ratio of PWM signal can
fix coil working state of the look-up table operation. These methods could effectively improve the
control accuracy.

The nonlinear problem in the control of pneumatic pressure proportional valve is caused by the
compressibility of the working medium of the gas, and is how to obtain the high precision control.
The domestic and foreign famous companies are solved by the closed loop control. PID control is
the main control strategy, and the conventional PID control has poor adaptability and low flexibility
so it is necessary to improve the PID control. Hamdan [54] believed that the nonlinear problems in
the proportional valve have hysteretic characteristics, therefore, they put forward the control strategy
of conventional PID, Anti-windup, Bang-bang, and feed forward variable gain control combination,
as shown in Figure 11. When compared with the conventional PID control, the control effect of this
control strategy is improved obviously, but there still exist many problems such as overshoot and the
lack of accuracy.

(a) (b) 

Figure 11. ModifiedProportion Integration Differentiation (MPID) control strategy of Hamdan.
(a) Schematic diagram of control strategy; (b) Comparison of conventional PID and MPID.
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Wu [55] adopted a generalized predictive control that considered the influence of the change
of system stiffness and the setting value, and compensated for the high nonlinearity of the system.
As compared with the PID control, the performance of the system using generalized predictive control
is improved significantly and the robustness is stronger. Li [56] put forward a variable gain neuron
adaptive PID controller to realize the real-time control of piston displacement and the valve controlled
cylinder pneumatic position servo control system. This method does not require the accurate modeling
of the system. The controller has a simple structure, convenient design, and steady performance.

PWM has been successfully applied to pneumatic switch control [57–59], and has become the
most extensive and effective control method, and it can improve the regulating precision of the
regulating valve and reduce the power consumption. After turning on the solenoid valve, the circuit
is switched to PWM operation at once. The frequency of the PWM pulse is much larger than the
response frequency of the solenoid valve, so the time of the pulse flow on the coil is averaged to form
a sustainable current. The PWM drive mode also has the advantages of simple circuit structure, small
size, and low energy consumption, but the problem of slow opening and closing time of the pilot valve
is widespread [60–62]. In recent years, with the development of integrated circuits, insulated gate
bipolar transistors (IGBT) have gradually replaced Metal-Oxide-Semiconductor Field-Effect Transistor
(MOSFET) and Bipolar junction transistor (BJT) devices in PWM drive control of switching valves [63].

By measuring the input and output information, the adaptive control can adjust the air quantity
according to the dynamic characteristics of the controlled object and the system error, which means to
adjust the motion law of the controller so that the control performance of the system can be maintain
to optimally [64]. Wang [65] controlled the pressure in the gas tank, and established the three-order
controlled auto-regressive moving average model. For the state variables in the model and the
parameters of the model, Wang used the Calman filtering method and the recursive least squares
algorithm with a recursive factor.

In order to make the model more universal, Wang has also designed a linear two-time self-tuning
pressure regulator, which has a better pressure control effect. In order to reduce the overshoot of the
system and improve the precision of the system, Pipat Chaewieang [66] designed a generalized
predictive control method to control the load pressure, and Wang also used a similar solution
in the calculation process to achieve the desired objectives. Steven Lambeck [67] presented an
exact linearization control method for the nonlinear dynamic model based on pneumatic pressure
proportional valve. It can adapt great to the volume of gas in the valve chamber, which improves the
output linearity of the pneumatic pressure proportional valve.

The influence of friction force on the pressure pneumatic pressure proportional valve control
system is nonlinear. Regarding the study of friction, the general approach is to compensate the friction
force, especially in the spool type pressure pneumatic pressure proportional valve. The influence
of the uncertainty of the large friction parameters on the nonlinear robust control has been studied
by Shen [68], and the corresponding control method has been proposed. In the Arkan’s [69] study
of friction compensation, in order to realize a better linearity in the input and output, the discrete
filtering method is used and the Luenberger observer is used to realize the accurate displacement
observation, so as to compensate the influence of the friction force on the control system. Tore [70]
analyzed the motion of the valve core, including the amplitude, pulse width, and the fundamental
frequency, and put forward a reasonable superposition of the flutter signal that can be compensated for
the impact of friction on the control system. Except for the compensating friction, there are other ways
to reduce friction. For example, the air bearing has the advantages such as clean, small friction, and etc.
Kayihan [69] used air bearing to reduce the friction of spool movement. However, it is complex and
costly to apply the air bearing pressure pneumatic pressure proportional valve structure.

5. Conclusions

As the people’s awareness of environmental protection has enhanced, green clean energy is
developing rapidly. Compressed air has the unique advantages regarding the energy storage and
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transmission. It has been widely favored, and pneumatic components have also been developed
rapidly. For electric proportional valve pressure, to complete the precise regulation is no longer the
only goal, it aims to achieve the electrical integration and integration of the development direction
of the composite. “PLC + sensor + pneumatic components” has become a typical control system.
The pneumatic components or mechanisms with different functions form new integrated components
or mechanisms with additional functions are to make them composite and integrated. Composite
integration can shorten the design cycle, reduce wiring, piping, and components, while reducing the
impact and debugging time, thus improving work efficiency has become the development trend of
electric proportional valves.

High-pressure can improve the dynamic characteristics, the hardness, and the response speed of
the pneumatic system, and also realize the miniaturization and high speed of pneumatic components.
With the maturation of compressed gases, especially energy density devices, such as new fuel
cell vehicles, can effectively solve these problems, such as stringent energy storage, volume ratio,
and high-pressure. In addition, the pressure reduction can also reduce the volume of the actuating
element, and the corresponding auxiliary elements such as filters and electromagnetic valves. Pressure
reducing valves are correspondingly reduced in size. Thus, the cost, installation space, and resources
are also reduced. In the future, the development of high-pressure pneumatic components, energy
saving and safety research of components and systems will be the main research field of the electrical
pneumatic pressure proportional valve.

Moreover, regarding the research and application of the electric-pneumatic pressure proportional
valves, it is necessary to meet the following requirements:

5.1. Oil-Free

The mechanical components in the pneumatic system need to be lubricated so that the oil sprayer
in the system is indispensable. In the pneumatic system, there is no return pipeline for oil mist recovery,
and the exhaust gas causes pollution to the environment. The development of the non-oil system is
required in the development of the electric-pneumatic pressure proportional valves. With the extensive
research of self-lubrication special material and gas film lubrication, its unique lubricity can be applied
to an oil-free system, which provides the idea for oil-free system [71–76].

5.2. Miniaturization and Light-Weight

With the miniaturization of mechanical components and mechanical devices, the miniaturization
of pneumatic components, pneumatic auxiliary components, and control elements is becoming much
higher. The miniaturization and light-weight of pneumatic components consume less energy and cost,
and can thus reduce the overall cost of the system. At present, most of the components are made of
aluminum alloy and new plastic materials and they are made of ultra-thin, ultra short, and ultra-small
parts. But as the demand of miniaturization keeps growing, it is necessary to explore new methods of
miniaturization design.

5.3. Energy Saving

The manufacturing industry in all countries focuses on energy saving. While the energy saving of
pneumatic technology can be carried out in two ways: reducing the consumption of gas and reducing
the power of the system. Reducing power consumption as an important aspect of energy saving aims
to develop a variety of small power solenoid valves and the power of less than 2 W solenoid valve is
popular. Reducing the gas consumption aims to reduce the power consumption of the compressor
thus to achieve the effect of saving energy.
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