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Editorial

Tribology in Germany: Latest Research and Development

Dirk Bartel

Chair of Machine Elements and Tribology, Otto von Guericke University Magdeburg,
39106 Magdeburg, Germany; dirk.bartel@ovgu.de

Sixty-five years ago, in November 1959, the “Gesellschaft für Schmiertechnik” (GST,
Society for Lubrication Technology), the predecessor organization of today’s German
Society for Tribology, was founded in the form of a non-profit technical scientific association.
The society initially saw itself as a platform for the discussion and clarification of issues
within lubrication technology in science and industry. The inclusion of the fundamental
findings of friction and wear led to the renaming of the society in 1967 to “Gesellschaft für
Schmierungstechnik und Tribologie” (Society for Lubrication Technology and Tribology),
and then in 1974 to “Gesellschaft für Tribologie” (GfT, German Society for Tribology).

Since the beginning of the GST, regular annual conferences have been held on the
topics of friction, lubrication, and wear; thus, The Tribology Conference celebrated its 65th
anniversary in 2024.

To mark the occasion of our anniversary, this Special Issue intends to present the latest
tribological results in research and development in Germany. However, the beginnings of
systematic tribology research in Germany go back several centuries.

Let us start in the year 1557. In 1557, Georgius Agricola (Georg Bauer), who was a
major of the city of Chemnitz in Saxonia, a medical doctor, a metallurgist, and a miner,
published twelve printed books on “von Bergwergk” (“from the mine”) with colored
illustrations, in which the mining and metallurgy of the late Middle Ages were very well
documented. The illustrations clearly illuminate and label an unlimited number of different
types of tribosystems, but unfortunately no details are given.

After that, there is a gap until 1710. We know that this gap was filled by famous
French and British scientists. In 1710, the philosopher and mathematician Gottfried Wil-
helm Leibniz (1646 to 1716) published an essay “on the nature and means of overcoming
resistance in machines caused by the interaction of bodies, on the occasion of a previous
treatise on the same subject”, in which he clearly described that in gears, the involutes are
created by unrolling a straight line. “It is well known to those who combine the practical
application of mechanics with the knowledge of its principles that–for a given driving force
to be applied–the effect of machines can only be increased if unnecessary resistances are
removed which require a superfluous application of forces; so that here any gain consists
in saving effort”. More than 300 years ago, Leibniz described the great economic benefits of
reducing friction losses and energy consumption, which was very topical.

Regardless of the great individual achievements of Leibniz, Agricola, and a few
others, scientists and engineers have only been working collectively and systematically on
tribological issues in a broad sense for about 150–170 years. How do we define systematic
research on tribology? Any research needs meaningful tools. If tribometry and viscometers
are regarded as necessary tools, then their beginnings can be traced back to around this time.

In the second third of the 19th century, tribological problems increasingly arose in
railroad locomotives and carriages. In 1862, Director Kirchweger of the General Directorate
for Railway Carriages and Telegraphs in Hanover published a testing device for “Tests on
journal friction on railroad carriage axles”.

Theoretical reflections are as important as metrological devices. In 1881, Prof. Dr.
Heinrich Hertz published his theory on contact mechanics, which is globally acknowledged
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as “Hertzian contact theory”. He had not thought about tribology but was very concerned
about how the beam path of optical lenses changes when they are pressed together.

In this decade, around 1885, Prof. Dr. Carl Oswald Viktor Engler of the University
of Karlsruhe published an “Ausflußapparat” (outflow device) to measure and quantify
the viscosity called, at this time, “Flüssigkeitsgrade” (the degree of fluidity). The so-called
“Engler-Grade” (Engler degrees) were used in Europe until the 1960s and were superseded
by the ISO-viscosity grades.

Prof. Dr. Adolf Martens, the eponym for “Martensite” or “Martens Universal Hard-
ness”, in 1885, published studies similar to later works of Stribeck. The progress made in
Martens “Ölprobirmaschine” (Oil-tasting machine) was the ability to control speed, which
was phenomenal at this time. Through publications in the semi-official journal of his royal
Prussian institute, Martens had a much smaller reach than Stribeck, who published in the
journal of the Association of German Engineers (VDI).

With Prof. Dr. Richard Stribeck’s systematic studies on plain and roller bearings,
which were published in 1901 and were acknowledged globally as the well-known Stribeck-
type curves, these years were the beginning of systematic tribology research in Germany. It
should be noted at this point that while Prof. Stribeck was honored for this work with the
technical term “Stribeck-type curve”, the assignment of his “curves” to lubrication regimes
was carried out by Prof. L. Gümbel around 1913. On the other hand, Stribeck was the
creator of the standard ball bearing steel 100Cr6 = AIS 52100 = SUJ2, which is still the work
horse in the ball bearing industry today.

In today’s world of ever-increasing energy demands, combined with an environ-
mentally and cost-driven desire to conserve resources, friction and wear are becoming
increasingly important. To avoid friction and wear, save energy, protect the environment,
and improve the performance of machines and systems, lubrication is one of the most
effective strategies. However, design measures, new materials and coatings, a better under-
standing of the fundamental tribological relationships, and the predictability of tribological
systems also make a decisive contribution toward environmentally compatible and effi-
cient machines and systems, with the goals of having lower energy consumption in the
utilization phase, less wear, and the longer service life of mechanical systems.

The visibility of German tribology is internationally characterized by the automotive
industry and mechanical engineering. Despite its basic orientation, tribological research is
always focused on products and machine elements like rolling and journal bearings, gears,
and elastomers. Currently, tribological work is concentrating on topics such as sustain-
ability, raw material availability, the reduction of emissions in the use phase, recyclability,
defossilization in mobility and industry, and digitalization.

With the 65th anniversary of the GfT, this Special Issue presents the latest results of
tribological research and development in Germany with 21 contributions.

Five papers focus on aspects of rolling bearings. New results are presented on White
Etching Cracks (contribution 5), the failure mechanisms in oil-lubricated rolling bearings
with small oscillating movements (contribution 9), the tribological behavior of hydrocar-
bons in mixed friction areas with axial cylindrical roller bearings (contribution 16), the
influence of damaging bearing currents on the lifetime of rolling bearings (contribution
14), and a review of the changes in the surface topography in axial bearings because of
triboelectric loads (contribution 21).

Regarding plain bearings, there are two papers on the use of planetary gear plain
bearings (instead of rolling bearings) in wind turbine gearboxes (contribution 20), and
a study on a machine-learning-based approach for wear prediction in plain bearings
(contribution 7).

Regarding gears, there is an interesting paper on gears made from high-performance
thermoplastics (contribution 1).

With references to lubricants and lubrication, there are three papers on the improved
operating behavior of self-lubricating rolling sliding contacts under high load with oil-
impregnated porous sintered material (contribution 10), the practical evaluation of ionic
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liquids–as ‘non-evaporating liquids’–for use as lubricants in clean rooms and under vac-
uum conditions (contribution 17), and an approach to “intrinsic lubrication” using high-
molecular siloxane dispersion in a polybutylene terephthalate (contribution 18).

There are three papers on surface modifications of triboelements, namely a tribological
study of ta-C, ta-C:N, and ta-C:B coatings on plastic substrates under dry sliding conditions
(contribution 3), the run-in of amorphous carbon coatings and their transfer film formation
(contribution 4), and the micro texturing of a cam follower contact (contribution 6).

Two papers deal with the modeling of static and dynamic elastomer friction in dry
conditions (contribution 12) and the effect of hydrogen pressure on the fretting behavior of
rubber materials (contribution 13).

Finally, four papers focus on fundamental tribological aspects, namely whether mixed
friction can exist in fully lubricated elastohydrodynamic contacts (contribution 2), the
influence of lubrication cycle parameters on hydrodynamic linear guides through the si-
multaneous monitoring of oil film pressure and float heights (contribution 8), the numerical
simulations and experimental validation of squeeze film dampers for aircraft jet engines
(contribution 11), and an experimental approach for friction modes in adhesive contacts of
a hard, rigid steel indenter and a soft elastomer (contribution 19).

Following Germany’s long tradition as an ice sports nation, one paper deals with an
advanced numerical approach for competitive winter sports applications (contribution 15).

Acknowledgments: I would like to thank all authors and reviewers for their contributions. My
special thanks go to my two esteemed colleagues, Rolf Luther, who is from Fuchs Lubricants Germany
GmbH and is Chairman of the Board of the GfT, and Mathias Woydt, who is from Matrilub and is a
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tribology research in Germany and made it available for this Editorial.
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Friction in Oil-Lubricated Rolling–Sliding Contacts with
Technical and High-Performance Thermoplastics †

Ferdinand Schmid *, Thomas Lohner and Karsten Stahl

Gear Research Center (FZG), Department of Mechanical Engineering, School of Engineering and Design,
Technical University of Munich, Boltzmannstraße 15, D-85748 Garching, Germany; thomas.lohner@tum.de (T.L.);
karsten.stahl@tum.de (K.S.)
* Correspondence: ferdinand.schmid@tum.de
† This work is an extended version of an abstract published in: Schmid, F.; Maier, E.; Lohner, T.; Stahl, K. Friction

in Oil-lubricated Rolling-Sliding Contacts with Technical Thermoplastics. In Proceedings of the 64th German
Tribology Conference 2023, Göttingen, Germany, 25–27 September 2023.

Abstract: Thermoplastics show great potential due to their lightweight design, low-noise operation,
and cost-effective manufacturing. Oil lubrication allows for their usage in high-power-transmission
applications, such as gears. The current design guidelines for thermoplastic gears lack reliable esti-
mates for the coefficient of friction of oil-lubricated rolling–sliding contacts. This work characterizes
the friction of elastohydrodynamic rolling–sliding contacts with technical and high-performance
thermoplastics with oil lubrication. The influence of polyoxymethylene (POM), polyamide 46 (PA46),
polyamide 12 (PA12), and polyetheretherketone (PEEK), as well as mineral oil (MIN), polyalphaolefin
(PAO), and water-containing polyalkylene glycol (PAGW), was studied. Experiments were carried out
on a ball-on-disk tribometer, considering different loads, speeds, temperatures, and surface roughness.
The results show that, for fluid film lubrication, there is very low friction in the superlubricity regime,
with a coefficient of friction lower than 0.01. Both sliding and rolling friction account for a significant
portion of the total friction, depending on the contact configuration and operating conditions. In the
mixed to boundary lubrication regime, the sliding friction depends on the thermoplastic and rises
sharply, thus increasing the total friction.

Keywords: polymer; thermoplastic; elastohydrodynamic lubrication; friction; superlubricity; tribol-
ogy; ball-on-disk tribometer; gears

1. Introduction

The use of technical and high-performance polymers for machine element applications
confers several advantages, including the ability to achieve low noise emissions through
damping, the potential for lightweight design, and cost-effective manufacturing. Moreover,
in oil-lubricated contacts, very low friction is possible [1–3]. The research into oil-lubricated
rolling–sliding contacts in steel gears is extensive. However, for thermoplastic gears made
of technical or high-performance polymers, significant gaps remain in the understanding of
the influence of strongly dependent material properties and the relevant origins of friction.
The standard VDI 2736 [4] for thermoplastic gears provides an estimated value for the coef-
ficient of friction of oil lubrication of μ = 0.04 for gear pairings, but no detailed calculation
equations are included. As frictional power losses lead to bulk temperature increases and,
consequently, a reduction in the load-carrying capacity, a detailed understanding of the
friction in oil-lubricated thermoplastic gear contacts is essential for the development of
advanced designs.

In general, oil lubrication is employed in the tribological contact of machine elements
for oil film formation and cooling, facilitating low friction and wear. Elastohydrodynam-
ically lubricated (EHL) contacts were classified by Johnson [5] using an elasticity and
viscosity parameter. Consequently, any EHL contact can be classified into one of four
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distinct lubrication regimes, contingent upon the significance of pressure-induced viscosity
increases and elastic deformation of the surfaces. Polymers are characterized by their high
elasticity, which allows them to be classified in EHL contacts as either elastic isoviscous
(IE) or elastic variable viscous (VE) [6,7]. The IE regime typically refers to soft or compliant
EHL contacts [1,2,7–11]. Elastomers are typically classified within the IE regime, while
thermoplastics, including technical and high-performance thermoplastics, can be classified
within a transition regime (TR) between the IE and VE regime. The phenomenon was
initially investigated in detail by Hooke [12], who developed an analytical calculation equa-
tion for the film thickness of highly loaded elastic contacts in the TR. Subsequently, Myers
et al. [6] proposed that the TR should be regarded as an additional lubrication regime. The
TR necessitates the consideration of pressure-dependent viscosity in the context of highly
deformed contacts [13] in EHL contacts. Myers et al. [6] used a semi-analytical approach to
derive an analytical equation for oil film thickness in the TR. Maier et al. [14] conducted
numerical calculations of a thermoplastic EHL contact with polyoxymethylene (POM).
They found good agreement with the analytical model of Myers et al. [6], with a maximum
deviation of 5%. Ziegltrum et al. [15] performed thermal EHL simulations of oil-lubricated
technical polymer contacts with polymethyl methacrylate (PMMA). It was observed that,
when a polymer was paired with steel, local conformity in the contact occurred due to the
significant difference in stiffness between the two bodies. Consequently, the thermoplastic
body was subjected to a significantly greater degree of deformation than the steel material.
This resulted in a curved contact area [14].

Besides strongly thermal-dependent and non-linear elasticity behaviors, polymers can
exhibit a viscoelastic material behavior, which is characterized by a combination of viscous
and elastic properties when deformed under a load. The first theoretical investigations of
the rolling friction of dry soft contacts were performed by Hunter [16]. He demonstrated
that rolling friction originates from an asymmetric pressure distribution, which is a conse-
quence of viscoelastic material properties. Hooke and Huang [17] performed numerical
calculations to investigate the impact of viscoelasticity on EHL contacts. They showed that
viscoelasticity can influence the pressure distribution and oil film formation significantly.
The pressure distribution shifted towards the contact inlet and showed a strong asymmetric
distribution. The presence of viscoelastic behavior can be assessed using the Deborah
number. This characteristic number indicates that the viscoelastic behavior is dependent
not only on the material but also on the load frequency and is, therefore, dependent on the
operating condition. Numerical and experimental investigations of the visco-EHL (VEHL)
contact were carried out for PMMA by Putignano and Dini [18], Zhao et al. [19,20], and
Krupka et al. [20]. They were able to measure the viscoelastic influence of the material on
the oil film formation for the given experimental operating conditions.

An experimental analysis of the coefficient of friction of a soft EHL contact with an
elastomer and non-technical liquids was performed by de Vicente et al. [1] for different
lubrication regimes. Based on the measurements, they derived a calculation equation for
the coefficient of friction of soft EHL contacts with ideal smooth surfaces. Furthermore, they
performed numerical EHL simulations and evaluated the Couette as well as the Poiseuille
friction portions. Subsequently, Vicente et al. [2] conducted experiments to measure the
rolling and sliding friction of a lubricated elastomer contact using a ball-on-disk tribometer.
Their findings indicated that, under fluid film lubrication, sliding friction originated from
the shearing of the oil (Couette friction), while, in boundary lubrication, it mainly arose from
the adhesion of the contacting asperities. Conversely, rolling friction could be attributed
to the asymmetric contact pressure distribution (Poiseuille friction), and the hysteresis
within the bulk material. Subsequently to this, Myant et al. [8] performed experimental
investigations of a soft EHL contact with elastomers, employing a ball-on-disk tribometer.
They investigated the influence of load and elasticity on rolling and sliding friction with non-
technical liquids. In comparison to the analytical calculation equation of de Vicente et al. [1],
they found, overall, a good accordance of the coefficient of friction for sliding and rolling.
To investigate the viscoelastic friction of soft EHL contacts, Putignano et al. [21,22] carried
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out experimental investigations using a ball-on-disk tribometer under dry conditions. The
measured rolling friction was evaluated as viscoelastic friction, while the sliding friction
was considered to be Coulomb friction. This approach yielded good accordance with the
developed model for viscoelastic friction proposed by Carbone and Putignano [23]. They
later measured the temperature in the rolling contact, which they found to be in good
accordance with their model. Numerical and experimental investigations on the rolling and
sliding fluid friction in an EHL contact with thermoplastic POM was performed by Maier
et al. [14]. They found that rolling and sliding fluid friction are of a comparable magnitude
for the investigated conditions. The local conformity in the contact of steel/thermoplastic
pairing results in a curved contact area, which can affect the friction evaluation for soft
and hard contacts [16,24]. As a ball-on-disk tribometer considers contact with different
body geometries, the influence of the contact configuration can be studied. For rubber
elastomers, Sadowski and Stupkiewicz [25] found that the contact configuration does not
affect the measured friction. Quinn et al. [26] also carried out experimental investigations on
the influence of contact configuration for the low-stiffness polymer polydimethylsiloxane
(PDMS). They found that the soft-disk/hard-ball configuration resulted in a higher friction
than the hard-disk/soft-ball combination. This discrepancy was attributed to the differing
hysteresis behaviors exhibited by the two configurations. Reitschuster et al. [3] performed
experimental studies on the friction of oil-lubricated thermoplastics using a twin-disk
tribometer. They examined the total friction for various rolling–sliding conditions when
PEEK and polyamide 66 (PA66) were in contact with steel. They measured very low
interfacial friction in the range of superlubricity for a high, relative film thickness. Friction
by hysteresis losses was recognized through the temperature increase in the bulk material
and was noticeably higher for polyamide 66 (PA66) than PEEK.

The above literature review shows that the tribological contact with polymers is a
strong focus of research. EHL contacts with thermoplastics, including technical and high-
performance polymers, are classified by the transition lubrication regime. When a polymer
is paired with steel, local conformity in the contact occurs. Viscoelastic effects can strongly
influence the pressure and film thickness distribution. Friction in polymer EHL contacts is
shown to be influenced by interfacial friction due to rolling and sliding fractions and by
hysteresis losses, mainly due to viscoelastic effects. However, many results are based on
the analysis of soft contacts with elastomers. A systematic analysis of the friction in EHL
contacts with technical and high-performance thermoplastics is lacking.

The objective of this study is to characterize the friction of EHL contacts with technical
and high-performance thermoplastics under oil lubrication. The influence of the contact
configuration, thermoplastic material, lubricant, load, oil temperature, and surface rough-
ness are systematically investigated under rolling–sliding conditions on a ball-on-disk
tribometer. Focus is put on the rolling and sliding friction portion. The results improve
the understanding of friction in oil-lubricated rolling–sliding contacts, similar to those in
cylindrical polymer gears. This work is an extended version of the conference abstract [27]
that was originally presented at the 64th German Tribology Conference 2023.

2. Materials and Methods

In order to analyze the influences on the friction in thermoplastic EHL contacts un-
der oil lubrication, different thermoplastics with different oils in various configuration
conditions were investigated.

2.1. Experimental Configuration

The experiments were performed on an MTM2 ball-on-disk tribometer. Figure 1 shows
the mechanical layout of the test chamber, wherein the ball and the disk are mounted on a
rotating shaft each, which can be driven independently to adjust for any rolling–sliding
conditions. Over a load arm, both specimens can be put into contact and enforced via a
load spring.
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Figure 1. Schematic representation of the mechanical layout of the MTM2 test chamber from Hofmann
et al. [28].

The surface speed of the ball is designated with v1 and that of the disk with v2,
respectively. The mean velocity vm, also referred to as rolling speed vr, is defined as follows:

vm =
v1+v2

2
. (1)

The sliding speed vs is defined as follows:

vs = v1 − v2. (2)

The slide-to-roll ratio SRR in the contact is then defined as follows:

SRR =
vs

vm
= 2

v1 − v2

v1+v2
. (3)

The friction force FR and the normal force FN are measured each with a load cell at the
load arm so that a coefficient of friction μ can be evaluated, as given in Equation (4). The
measured total friction force FR is composed of different friction portions and can, therefore,
be divided according to Vicente et al. [2] into the rolling friction FR,r and the sliding friction
FR,s. The total coefficient of friction μ is the sum of the rolling coefficient of friction μr and
the sliding coefficient of friction μs.

μ =
FR

FN
=

FR,r+FR,s

FN
=

FR,r

FN
+

FR,s

FN
= μr+μs. (4)

In order to differentiate between rolling and sliding friction, negative and positive
SRRs were imposed on the MTM2. In both cases, the sliding friction differed in its direction,
but the rolling friction direction remained the same. By measuring the friction force in both
situations, the rolling and sliding friction could be evaluated afterward. For details of this
procedure in MTM2, considering the elimination of the offset of the load cell, one can refer
to Vicente et al. [2].

2.2. Thermoplastics

Jain and Patil [29] provide an overview of the range of polymers used in gear ap-
plications. In this study, four different technical and high-performance thermoplastics
were considered, as shown in Table 1. Polyoxymethylene (POM) and polyamides PA12
and PA46 are typical materials for plastic gears [14,30–33]. The high-performance thermo-
plastic polyether ether ketone (PEEK) is becoming increasingly popular for use in gears
that require the highest power density [31,34–36]. The investigated thermoplastics exhibit
differences in stiffness and in the glass transition temperature ϑg, which primarily influ-
ences the impact of mechanical material properties, such as stiffness and viscoelasticity.
All thermoplastics were non-reinforced, unfilled, and commercially available. The PEEK
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material used was Vestakeep 5000G (Evonik, Essen, Germany), the PA12 material was
Vestamid L1940 (Evonik), the PA46 was Stanyl TW441 (Envalior, Dusseldorf, Germany),
and the POM material used was Delrin 100 NC010 (DuPont, Wilmington, DE, USA). For
POM, a homopolymer polyoxymethylene (POM-H) was used.

Table 1. Technical and high-performance thermoplastics considered according to [37].

PEEK POM PA12 PA46

E (40 ◦C) 3720 2615 1180 3260 N/mm2

ν (40 ◦C) 0.4 0.42 0.37 1 0.37 -
ρ (40 ◦C) 1.32 1.39 1.01 1.17 g/cm3

ϑg 145 −60 45 75 ◦C
1 Estimated from PA46.

Figure 2 illustrates the dependence of Young’s modulus E of the thermoplastics studied
on the temperature for the dry state, as depicted in the VDI 2736 [37] standard, except for
Poisson’s ratio ν of PA12, which is assumed to be identical to that of PA46, since no value
is given. It is a characteristic of thermoplastics that their stiffness decreases at elevated
temperatures. The glass transition regimes are also indicated. In the glass transition
regimes, there is a significant reduction in stiffness. As the glass transition temperature
ϑg for POM is approximately at −60 ◦C, it can be seen that there is no visible step in the
temperature decrease but rather a strong and nearly linear decrease over the indicated
temperature range. Among the considered thermoplastics, PEEK has the highest thermal
stability. It should be noted that polyamides change their stiffness and glass transition
temperature behaviors with changing humidity. For details, see [37,38].

Figure 2. Temperature dependence of Young’s modulus of the studied thermoplastics according to
VDI 2736 [37] for a dry state.

2.3. Test Specimens

The ball of the MTM2 tribometer had a diameter of 19.05 mm. The disks had a diame-
ter of 46 mm and a thickness of 6 mm at the running track surface. The thermoplastic disks
were mounted on a carrier plate made of steel with a thickness of 2 mm. The tribological
surfaces of the tested disks and balls were machined from semi-finished products, ground,
and polished isotropically. The arithmetic mean roughness of the polished surfaces was
Ra < 0.02 μm. In order to investigate the influence of the surface roughness of the thermo-
plastic material, quasi-isotopically ground PEEK disks with arithmetic mean roughness
values of approx. Ra = 0.25 μm and Ra = 0.50 μm were considered. The roughness
values were obtained from tactile measurement radially on the disk’s running track with
a measurement length of 4 mm and a cut-off wavelength of 0.08 mm (for Ra < 0.02 μm)
and 0.8 mm (for Ra = 0.25 μm and Ra = 0.50 μm).

It is common practice to pair thermoplastic gears with steel gears, thereby creating a
hybrid contact between the two materials. In order to investigate the influence of different
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contact configurations, polished PEEK and 100Cr6 specimens were paired in a combination
of ball/disk configurations, including PEEK/PEEK, PEEK/100Cr6, 100Cr6/PEEK, and
100Cr6/100Cr6. The considered contact configurations are shown in Figure 3. In order to
investigate the influence of thermoplastic materials, polished steel balls were paired with
polished disks made from PEEK, POM, PA12, and PA46, as illustrated in Figure 4.

Figure 3. Considered contact configurations at the MTM2.

Figure 4. Considered thermoplastic disk materials for the contact configuration 100Cr6/thermoplastic
at the MTM2.

2.4. Lubricants

The principal properties of the considered lubricants are presented in Table 2. The
mineral oil MIN100, the polyalphaolefin PAO100, and the polyalkylene glycol PAGW100
with 20 wt.% water (see [28]) were of ISO viscosity grade (VG) 100. Additionally, a mineral
oil MIN32 of ISO VG 32 was investigated. All oils were fully formulated with additives
such as extreme pressure and anti-wear, foam-inhibiting, anti-freeze, and corrosion protec-
tion properties.

Table 2. Considered lubricants.

MIN32 MIN100 PAO100 PAGW100

ISO VG class ISO VG 32 ISO VG 100 ISO VG 100 ISO VG 100 –
ν (40 ◦C) 32.6 94.5 104.6 111.5 mm/s2

ν (100 ◦C) 5.5 9.8 15.5 18.9 1 mm/s2

VI 104 77 157 191 –
ρ (15 ◦C) 0.887 0.885 0.852 1.126 g/cm3

1 Extrapolated.

2.5. Operating Conditions

Rolling–sliding conditions, such as in gears, were considered. On the one hand,
friction curves with varying slide-to-roll ratios SRRs = 0 . . . 1 were measured at a constant
rolling speed of vm = 1.5 m/s. This resulted in the regime of fluid film lubrication with
separated surfaces for all polished surfaces. On the other hand, Stribeck-like curves with
varying rolling speeds vm = 0.01 . . . 2.5 m/s were measured at a constant slide-to-roll ratio
of SRR = 0.5. Depending on the surface roughness, the lubrication regime changed from
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fluid film to mixed to boundary lubrication with a decreasing vm. Given the significant
impact of temperature on the thermoplastic and lubricant behavior (see Figure 2), a range
of temperatures around ϑoil = 40 . . . 80 ◦C was selected. The rolling–sliding contacts were
loaded with normal forces of FN = 10 . . . 30 N. Assuming the applicability of the Hertzian
theory and using Young’s modulus at 40 ◦C (see Table 1), this resulted in Hertzian pressures
between 34.0 and 106.5 N/mm2 depending on the contact configuration and thermoplastics
(see Table 3).

Table 3. Hertzian pressures for the contact configurations 100Cr6/thermoplastic at FN = {10, 20, 30} N at
the MTM2 at 40 ◦C.

100Cr6/PEEK 100Cr6/POM 100Cr6/PA12 100Cr6/PA46

pH(FN = 10 N) 73.8 59.4 34.0 66.5 N/mm2

pH(FN = 20 N) 93.0 74.8 42.8 83.8 N/mm2

pH(FN = 30 N) 106.5 85.6 49.1 95.9 N/mm2

In addition to the contact configurations 100Cr6/thermoplastic, further configurations
were investigated. For the configuration 100Cr6/100Cr6, the calculated Hertzian pressure at
FN = 20 N was pH = 817.7 N/mm2. For PEEK/100Cr6 and 100Cr6/PEEK, the calculated
Hertzian pressure at FN = 20 N and 40 ◦C was pH = 93.0 N/mm2, while, for PEEK/PEEK,
it was pH = 59.4 N/mm2.

Prior to the start of testing, a ten-minute run-in procedure with FN = 20 N, vm = 0.1 m/s,
SRR =0.5, and an oil temperature of ϑoil = 40 ◦C oil was performed for all configurations
and tests. All measurements were repeated once and then averaged. In Appendix A, the
relative change from the first to the second measurement is given, where the measurement
value is averaged over the friction and Stribeck-like curves, respectively. An average
deviation of 5.7% was found for all measurements.

3. Results

This Section presents the results of the measurements. In Sections 3.1 and 3.2, the
results of the friction and Stribeck-like curves are presented in detail, while Sections 3.3–3.6
focus on important aspects of the investigated influences. To illustrate the results of the
friction measurements, the contact configuration 100Cr6/PEEK with a polished specimen
and MIN100 is used as a reference to show the effects of varying configuration and contact
conditions. Based on this reference, Section 3.7 provides a summarized overview with the
mean coefficients of friction for the influences shown in Sections 3.1–3.6.

3.1. Influence of Contact Configuration

Figure 5 shows the total μ, sliding μs, and rolling μr coefficients of friction over the
slide-to-roll ratio SRR (Figure 5a–c) and rolling speed vm (Figure 5a,d–f) for the contact
configurations 100Cr6/100Cr6, PEEK/100Cr6, 100Cr6/PEEK, and PEEK/PEEK at a normal
force FN = 20 N and oil temperature ϑoil = 40 ◦C for MIN100.

The contact configuration 100Cr6/100Cr6 shows the highest total coefficient of friction
μ in Figure 5a,d, whereas the contact configuration PEEK/PEEK shows the lowest friction.
In between, there are contact configurations PEEK/100Cr6 and 100Cr6/PEEK with a very
similar coefficient of friction μ. The friction levels are in alignment with the calculated
contact pressures (see Table 3) and assume an increase in contact viscosity. All contact
configurations with PEEK show a nearly linear increase in μ over SRR, whereas the contact
configuration 100Cr6/100Cr6 shows linear, non-linear, and thermal regimes, as typically
known from friction curves with steel EHL contacts [39]. The total friction at SRR = 0
is not zero, since rolling friction is also considered in this study. With decreasing rolling
speeds vm, the coefficient of friction μ for 100Cr6/100Cr6 is steadily increasing, while it has
a minimum for the contact configurations with PEEK. Their behavior is similar to typical
Stribeck-like curves.
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Figure 5. Total μ, sliding μs, and rolling μr coefficients of friction over the slide-to-roll ratio SRR
(a–c) and rolling speed vm (d–f) with polished disks for the contact configurations 100Cr6/100Cr6,
PEEK/100Cr6, 100Cr6/PEEK, and PEEK/PEEK at FN = 20 N and ϑoil = 40 ◦C for MIN100.

Focusing on the coefficient of sliding friction μs in Figure 5b,e shows very similar
trends to the total coefficient of friction μ. As the SRR increases, μs assumes a dominant
role in μ. In contrast, as the rolling speed vm increases, the coefficient of sliding friction
μs declines for the contact configuration 100Cr6/100Cr6 and increases for the contact
configurations with PEEK.

The rolling coefficient of friction μr in Figure 5c,f is approximately one magnitude
smaller than μs and almost identical for all contact configurations for relevant SRR. This
indicates that the relative share of μr in μ is higher for contact configurations with PEEK
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than for the contact configuration 100Cr6/100Cr6. Over SRR, a nearly constant rolling
coefficient of friction μr is present. It should be noted that a pronounced increase in rolling
friction is observed for the contact configuration 100Cr6/100Cr6 at a low-to-zero SRR,
while, for increasing rolling speeds vm, the rolling coefficient of friction μr increases.

3.2. Influence of Thermoplastic Material

Figure 6 shows the total μ, sliding μs, and rolling μr coefficients of friction over the
slide-to-roll ratio SRR (a, b, c) and rolling speed vm (d, e, f) for the contact configurations
100Cr6/PEEK, 100Cr6/POM, 100Cr6/PA12, and 100Cr6/PA46 at a normal force FN = 20 N
and oil temperature ϑoil = 40 ◦C for MIN100.

  

  

  

100Cr6/PA12 100Cr6/POM 100Cr6/PEEK 100Cr6/PA46

Figure 6. Total μ, sliding μs, and rolling μr coefficients of friction over the slide-to-roll ratio SRR
(a–c) and rolling speed vm (d–f) with polished disks for the contact configurations 100Cr6/PEEK,
100Cr6/POM, 100Cr6/PA12, and 100Cr6/PA46 at FN = 20 N and ϑoil = 40 ◦C for MIN100.

13



Lubricants 2024, 12, 372

The contact configurations with PA12 and PA46 show the highest total coefficient of
friction μ in Figure 6a,d at a similar level. The contact configurations with POM and PEEK
have an overall lower μ but also on a nearly identical level.

The sliding coefficient of friction μs in Figure 6b shows a nearly linear increase over the
SRR. Thereby, the contact configuration with PEEK shows the highest sliding coefficient of
friction μs, which correlates with the highest contact pressure (see Table 3) and an assumed
increase in contact viscosity. POM and PA46, which exhibit similar Young’s moduli and con-
tact pressures, show almost the same sliding coefficient of friction μs. The rolling coefficient
of friction μr in Figure 6c is constant over the SRR for all thermoplastics. It can be observed
that the contact configurations with POM and PEEK and those with PA12 and PA46 each
have a similar μr. Thereby, the level of contact configurations with PA12 and PA46 is about
two times higher. In the case of a low SRR, μr plays a dominant role. Conversely, for a high
SRR, sliding friction is observed to exceed that of rolling friction. Overall, the rolling friction
is a relevant portion of the total friction for the contact configurations with thermoplastics
and leads to a higher total friction for contact configurations with polyamides.

Figure 6d shows the total coefficient of friction μ as a function of the rolling speed
vm. For very low rolling speeds vm and, consequently, mixed to boundary lubrication, the
sliding coefficient of friction μs in Figure 6e is very high. With increasing rolling speed
vm and fluid film lubrication, μs shows a nearly linear increase. Hence, a Stribeck-like
behavior is observed. The rolling coefficient of friction μr in Figure 6f increases continuously
with increasing rolling speeds vm. Note that, for very low rolling speeds vm, the rolling
coefficient of friction μr of the contact configurations with POM and PEEK tends towards
zero, while μr, of the contact configurations with PA12 and PA46, shows a minimal value
larger than zero.

3.3. Influence of Lubricant

Figure 7 shows the influence of different oils on the total μ, sliding μs, and rolling μr
coefficients of friction over the slide-to-roll ratio SRR (Figure 7a–c) and rolling speed vm
(Figure 7d–f) for the contact configuration 100Cr6/PEEK at a normal force FN = 20 N and
oil temperature ϑoil = 40 ◦C.

The total coefficient of friction μ over the SRR is depicted in Figure 7a, with MIN32
exhibiting a significantly lower level than MIN100, PAO100, and PAGW100. The sliding
coefficient of friction μs is shown in Figure 7b. Although MIN32 also shows the lowest μs, a
relevant portion of the lowest μ compared to the other lubricants is coming from the lowest
rolling coefficient of friction μr in Figure 7c. Note that, out of the ISO VG100 oils MIN100,
PAO100, and PAGW100, MIN100 shows the highest μs but the lowest μr. Contrary to this,
PAGW100 shows the lowest sliding friction and the highest rolling friction.

Figure 7d–f show μ, μs, and μr over the rolling speed vm. For the high rolling speed
vm, the comparison between the oils is overall similar to the relation between the oils in
Figure 7a–c. However, it is noticeable that μ is strongly increasing at low rolling speeds vm
for both mineral oils MIN100 and MIN32. This mainly comes from the sliding coefficient of
friction μs, as can be seen in Figure 7e. For higher rolling speeds, the difference regarding
the total coefficient of friction μ between the mineral oil MIN32 and the three ISO VG100
oils MIN100, PAGW100, and PAO100 increases. Considering the friction portions, this
comes from both μs and μr, which show the lowest increase for MIN32.
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Figure 7. Total μ, sliding μs, and rolling μr coefficients of friction over the slide-to-roll ratio SRR (a–c)
and rolling speed vm (d–f) with polished disks for the configuration 100Cr6/PEEK lubricated with
MIN100, PAGW100, PAO100, and MIN32 at ϑoil = 40 ◦C and FN = 20 N.

3.4. Influence of Load

The influence of the normal force FN on the total μ, sliding μs, and rolling μr coefficients
of friction over the slide-to-roll ratio SRR (Figure 8a–c) and rolling speed vm (Figure 8d–f)
is illustrated in Figure 8 for the contact configuration 100Cr6/PEEK and an oil temperature
ϑoil = 40 ◦C for MIN100. Three different loads and, therefore, contact pressures (see Table 3)
are compared.

The total coefficient of friction μ in Figure 8a,d decreases with increasing FN. However,
μ is very similar for FN = 10 N and FN = 20 N. The differences in μ for the different loads
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increase with increasing rolling speeds vm. For a very low vm, no difference in the total
coefficient of friction μ can be seen in Figure 8d.

  

 

  

FN = 10 N FN = 20 N FN = 30 N

Figure 8. Total μ, sliding μs, and rolling μr coefficients of friction over the slide-to-roll ratio
SRR (a–c) and rolling speed vm (d–f) with polished disks for the configuration 100Cr6/PEEK at
FN = {10, 20, 30} N and ϑoil = 40 ◦C for MIN100.

The sliding coefficients of friction μs in Figure 8b,e are very similar for all the normal
forces FN considered. The rolling coefficient of friction μr in Figure 8c,f decreases with an
increasing FN and dominates the differences in the total coefficient of friction μ.

3.5. Influence of Oil Temperature

Figure 9 illustrates the influence of the oil temperature ϑoil on the total μ, sliding
μs, and rolling μr coefficients of friction over the slide-to-roll ratio SRR (Figure 9a–c) and
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rolling speed vm (Figure 9d–f) for the contact configuration 100Cr6/PEEK at a normal force
FN = 20 N for MIN100.

  

  

  

= 60°C = 80°C= 40°C

Figure 9. Total μ, sliding μs, and rolling μr coefficients of friction over the slide-to-roll ratio SRR (a–c)
and rolling speed vm (d–f) with polished disks for the configuration 100Cr6/PEEK at FN = 20 N and
ϑoil = {40, 60, 80} ◦C for MIN100.

Figure 9a shows that the total coefficient of friction μ over the SRR strongly decreases
with increasing oil temperature ϑoil. This is a result of the decrease in both the sliding
μs and rolling coefficient of friction μr in Figure 9b,c. Thereby, the sliding coefficient of
friction μs shows a linear increase over the SRR for all three oil temperatures but can be
distinguished by the gradients.

The coefficients of friction over vm in Figure 9d–f confirm this trend for higher rolling
speed vm. For a low vm with mixed-to-boundary lubrication, the influence of ϑoil is reversed.
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Thereby, the sliding coefficient of friction μs in Figure 9e exhibits, for a low vm, an increasing
trend with increasing ϑoil and dominates the total coefficient of friction. The increase in the
rolling coefficient of friction μr over vm is smaller for higher oil temperatures (Figure 9f).

3.6. Influence of Surface Roughness

Figure 10 shows the influence of the surface roughness on the total sliding μ, sliding
μs, and rolling μr coefficients of friction over the slide-to-roll ratio SRR (Figure 10a–c) and
rolling speed vm (Figure 10d–f) for the contact configuration 100Cr6/PEEK at a normal
force FN = 20 N and oil temperature ϑoil = 40 ◦C for MIN100.

  

  

  

Ra1,2 0.25 μm Ra1,2 0.50 μmRa1,2 < 0.02 μm

Figure 10. Total μ, sliding μs, and rolling μr coefficients of friction over the slide-to-roll ratio
SRR (a–c) and rolling speed vm (d–f) for the configuration 100Cr6/PEEK with surface roughness
Ra1,2 < 0.02 μm, Ra1,2 ≈ 0.25 μm, and Ra1,2 ≈ 0.50 μm at FN = 20 N and ϑoil = 40 ◦C for MIN100.
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A higher surface roughness results in a higher total coefficient of friction μ in
Figure 10a,d. While the rolling coefficient of friction μr in Figure 10c,f is barely affected
by the surface roughness, the sliding coefficient of friction μs in Figure 10b,e increases
drastically with a higher surface roughness. The dependency of μs on the SRR in Figure 10b
shows, for ground surfaces with Ra1,2 ≈ 0.50 μm, approximately three times higher
values than those observed with polished surfaces with Ra1,2 < 0.02 μm for most of the
considered SRRs.

The dependency of the sliding coefficient of friction μs on vm in Figure 10e shows, for
decreasing rolling speed vm, that μs increases strongly for a higher surface roughness with
an increasing severity of mixed friction.

3.7. Summary of Results

Figure 11 gives an overview of the investigated influences on the coefficient of friction
presented in Sections 3.1–3.6. The mean values μs and μr of the coefficient of sliding and
rolling friction represent an average over the SRR at a constant rolling speed vm = 1.5 m/s
for each influence:

μs =
∫ SRR=1

SRR=0
μs(SRR, vm = 1.5 m/s ) dSRR, (5)

μr =
∫ SRR=1

SRR=0
μr(SRR, vm = 1.5 m/s ) dSRR, (6)

Figure 11. Mean coefficient of sliding friction μs and rolling friction μr (a) and relative portion
of mean rolling friction μr to the mean total coefficient of friction μ in % (b) for the investigated
influences.
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The mean value μ of the total coefficient of friction is determined by the following:

μ = μs + μr. (7)

The mean total coefficient of friction μ in Figure 11a is observed to decrease with
increasing load FN, increasing oil temperature ϑoil, and decreasing surface roughness Ra.
The oil viscosity exerts a stronger influence than the type of oil. No obvious trend regarding
Young’s modulus of the thermoplastic materials is observed. However, the thermoplastic
material exerts an influence on the total friction due to the presence of different rolling
friction components. With regard to the contact configuration, PEEK/PEEK shows a lower
friction compared to 100Cr6/100Cr6 or 100Cr6/PEEK. It can be observed that, for all contact
configurations involving a thermoplastic body and polished surfaces, superlubricity is
achieved, with a mean coefficient of friction μ smaller than 0.01. However, for contact
configurations involving a ground surface with Ra1,2 ≈ 0.50 μm, μ exceeds 0.01.

Figure 11b shows that a portion of over 50% of the total friction can be attributed to
rolling friction. As the load FN, oil temperature ϑoil, and surface roughness Ra increase,
the portion of rolling friction decreases. With regard to the influence of the lubricant, the
mineral oils MIN32 and MIN100 have, despite their different viscosity classes, a similar and
lower portion of rolling friction than PAO100 and PAGW100. Considering the thermoplastic
materials, the portion of rolling friction of the polyamides PA46 and PA12 is found to be
similar and the highest, while that of PEEK is the lowest and that of POM is ranked
as intermediate. Regarding the contact configuration, PEEK/PEEK and PEEK/100Cr6
seem to have a similar portion of rolling friction, while 100Cr6/PEEK has a slightly lower
portion and 100Cr6/100Cr6 a distinctly lower one. A detailed analysis of the hybrid
contacts, PEEK/100Cr6, and 100Cr6/PEEK reveals that the observed differences in the
total coefficient of friction μ can be attributed to the rolling friction. While the coefficient
of sliding friction μs is only 0.26% higher, the coefficient of rolling friction μr is 15.5%
higher for PEEK/100Cr6 compared to 100Cr6/PEEK. In total, μ is about 8% higher for
PEEK/100Cr6 contact compared to 100Cr6/PEEK contact.

4. Discussion

The results in Section 3 are discussed with respect to the influence of the contact con-
figuration, thermoplastic material, lubricant, load, oil temperature, and surface roughness.

4.1. Influence of Contact Configuration

The contact configurations PEEK/100Cr6 and 100Cr6/PEEK showed no noticeable
difference in the friction behavior, as illustrated in Figure 5. As demonstrated by Ziegltrum
et al. [15], elastic deformation in a contact configuration with steel and a polymer occurs
primarily at the polymer body. Accordingly, the contact geometry differs between the
configurations PEEK/100Cr6 and 100Cr6/PEEK at the ball-on–disk tribometer. A schematic
illustration of the deformed EHL contact geometry is provided in Figure 12, which is based
on numerical calculations of Ziegltrum et al. [15].

100Cr6/100Cr6 100Cr6/PEEKPEEK/100Cr6 PEEK/PEEK

Ball

Disk

Figure 12. Schematic representation of the contact geometry (deformation) depending on the contact
configurations 100Cr6/100Cr6, PEEK /100Cr6, 100Cr6/ PEEK, and PEEK/PEEK.

In the contact configuration PEEK/100Cr6 with the deformed PEEK ball, it is assumed
that the contact area is nearly even. In the contact configuration 100Cr6/PEEK with the
deformed PEEK disk, a curved contact area is observed. As the friction force is always
measured at the ball specimen in the MTM2 tribometer (see Section 2.1), its impact on
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the friction measurement is not necessarily negligible. This is shown in Figure 11 and
Section 3.7, where an 8% difference in μ is observed, with the higher friction being mea-
sured for the contact configuration PEEK/100Cr6. An influence of configuration was also
found by Quinn et al. [26]’s investigation of PDMS. Their results indicated that the contact
configuration steel ball and PDMS disk exhibited higher friction than the contact config-
uration featuring a PDMS ball and a steel disk. The authors proposed that the observed
difference in hysteresis behavior might have been a potential explanation for this. In this
study with PEEK, it is proposed that the difference between the contact configurations
originates mainly from the rolling friction portion. To gain a comprehensive understand-
ing, numerical modeling and calculation could be conducted, as exemplified by Schmid
et al. [24] for hard conformal contacts or Stupkiewicz et al. [9] for low-stiffness polymer
contacts. For the configurations in this study containing PEEK, the EHL contact pressure
distribution was expected to be almost symmetrical, as shown by Hofmann et al. [13]. They
also did not find effects attributed to viscoelasticity or loading frequency for PEEK, which
is supported by this study. Hence, it can be concluded that the main portion of rolling
friction has its origin in the EHL oil film, related to Poiseuille friction, and the influence of
the hysteresis behavior tends to be small. Moreover, it should be noted that the scale of the
y-axis for rolling friction in Figure 5c,f in Section 3.1 is very low, which results in the overall
values being very low. Therefore, the differences between the contact configurations are
seen to be relatively small.

The increase in rolling friction for the contact configuration 100Cr6/100Cr6 at low
SRR values (see Figure 5c) can be attributed to a micro-slip resulting from the difference
in contact radii. This phenomenon was first observed by Heathcote [40] and discussed
in detail by Schmid et al. [24]. In this study and in accordance with the evaluation of
Vicente et al. [2], the additional friction portion due to micro-slip was evaluated as part
of the rolling speed vm at MTM2, as it is a consequence of rolling and dependent on the
rolling direction.

The contact configuration PEEK/PEEK exhibited an even lower coefficient of friction
μ than PEEK/100Cr6 and 100Cr6/PEEK. This was due to a larger elastically flattened area,
which resulted in a higher EHL contact temperature. This phenomenon was also shown
by Schmid et al. [24] for different contact radii, resulting in different elastically flattened
area sizes. Further, this was amplified by a lower thermal effusivity e=

√
λ · ρ · cp of PEEK

(e ≈ 838 J/(m 2 · K · √s
)

) compared to steel (e ≈ 12131 J/(m 2 · K · √s
)

), resulting in a
high thermal insulation effect for the PEEK/PEEK configuration.

4.2. Influence of Thermoplastic Material

The sliding friction of EHL contacts with technical and high-performance thermo-
plastics in a fluid film lubrication regime is dominated by Newtonian fluid behaviors, a
consequence of the low contact pressures involved and in accordance with the results by
Vicente et al. [1,2]. This can be seen in the linearly increasing friction curves illustrated
in Figure 6b. In a comparison of the contact configurations in Section 3.2, the sliding
coefficient of friction μs was largely consistent across the investigated thermoplastics, with
the exception of 100Cr6/PEEK. When comparing the calculated Hertzian contact pressures
in Table 3, all contact configurations in Section 3.2 exhibited similar values, with the ex-
ception of PA12. Hence, the frictional differences can be attributed to either a damping
behavior with an increasing stiffness behavior for PA12 at the investigated conditions or
to differences in Young’s modulus regarding tensile or compressive forces, being, thus, a
loading frequency-dependent behavior. Further, surface interactions between the oil and
the thermoplastic material, such as sorption, can influence the thermoplastic material’s
mechanical properties, like its stiffness [38]. According to the results of Vicente et al. [1], the
overall correlation between μs and E follows a bathtub curve according to their calculation
regression. This means a decreasing coefficient of friction for very low stiffness values and
an increasing coefficient of friction for a higher stiffness. It should be noted, however, that
Vicente et al. [1] did not vary Young’s modulus itself in their investigations. According
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to Myant et al. [8], the sliding friction decreases with an increasing stiffness. Assuming a
higher stiffness for PEEK than POM (see Table 1), the results in this study show contrary
results. However, it should be noted that Myant et al. [8] only focused on polymers with
very low stiffness values, while this study focused on technical and high-performance
thermoplastics with a higher stiffness, resulting in different areas of the bathtub curve. Also,
the surface roughness of the polymers they studied was varied. The stiffness behavior of
thermoplastics is complex and particularly dependent on temperature and load frequency.

For very low rolling speeds vm, the highest sliding coefficient of friction μs was
observed for the contact configurations with polyamides PA12 and PA46 (see Figure 6e).
This phenomenon was attributed to the molecular structures of the interacting material
surfaces in mixed and boundary lubrication.

Rolling friction depends on both the fluid flow behavior and the material behavior.
Overall, the pressure distribution is decisive for the rolling friction. A high pressure (and
therefore load) portion towards the contact inlet results in a higher rolling friction. This
can be due to viscoelasticity or fluid flow characteristics. For the fluid flow characteristics,
the Poiseuille flow indicates the amount of rolling friction. The pressure distribution is
crucial and becomes more Hertzian as the stiffness increases and, therefore, more sym-
metrical, resulting in a lower rolling friction. The rolling friction is not only influenced
by the lubricant but also by viscoelastic material behavior, which also influences the pres-
sure distribution and shifts the pressure portions towards the contact inlet, as shown by
Putignano and Dini [18], resulting in a higher rolling friction. The rolling coefficient of
friction μr of the considered contact configurations with thermoplastics can be divided into
two distinct categories. The contact configurations 100Cr6/POM and 100Cr6/PEEK show
the identical rolling coefficient of friction μr, which is very similar to the rolling friction
of 100Cr6/100Cr6. This suggests that, for these three contact configurations, the rolling
friction in the EHL contacts originates mainly from the fluid and its pressure distribution,
which is referred to as Poiseuille friction. This is supported by the observation of nearly
zero rolling friction at very low rolling speeds vm, given in Figure 6f. Given a minimal
lubricant fluid film, the rolling friction of the fluid itself is also minimal for PEEK and POM.
It should be noted that, for the considered operating conditions, PEEK operates clearly
under and POM clearly above the glass transition temperature ϑg, depicted in Figure 2.
Compared to 100Cr6/PEEK and 100Cr6/POM, the contact configurations 100Cr6/PA12
and 100Cr6/PA46 showed a higher rolling friction, even at very small rolling speeds vm.
This can be due to higher hysteresis friction within the polyamides. As the polyamides
operate close to the glass transition temperature, where higher material damping occurs,
an effect of ϑg on μr can be assumed.

Following the results of Vicente et al. [1], the rolling friction increases with increasing
stiffness. Assuming a higher stiffness for PEEK than POM, the results in this study were
contrasting. However, it should be noted that Vicente et al. did not vary Young’s modulus
in their investigations. Following the results of Myant et al. [8], the results of this study are
in agreement regarding the influence of stiffness on rolling friction.

4.3. Influence of Lubricant

In the context of fluid film lubrication, friction in the EHL contact is typically dom-
inated by the shearing of lubricant under a high pressure. As illustrated in Figure 7b,
PAGW100 did not show the lowest sliding friction, which is typically observed for steel
contacts with maximal contact pressures in the order of 1 GPa [41]. Thus, the high-pressure
behavior of a lubricant showed little influence on EHL friction with technical and high-
performance thermoplastics. Also, shear-thinning did not show a significant influence, as
all sliding friction curves showed a nearly linear trend over the SRR (see Figure 7b). It
could, therefore, be concluded that the influence of shear-thinning behaviors on friction in
oil-lubricated thermoplastic rolling–sliding EHL contacts was small for the investigated
lubricants. Rather than the lubricants’ high-pressure and shear-thinning behaviors, it was
the nominal viscosity to be of great consequence.
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For mixed and boundary lubrication at a small rolling speed vm, as shown in Figure 7d,
the measured friction of the two mineral oils, MIN32 and MIN100, was predominantly
higher in comparison to PAO100 and PAGW100. For MIN32, the transition from mixed to
fluid film lubrication was observed at higher rolling speeds vm (see Figure 7e). This was
attributed to the lower viscosity of MIN32. Both mineral oils showed higher coefficients
of friction μ in the mixed and boundary lubrication regimes. This could be related to
high pressure and viscosity increases at micro-EHL contacts at surface asperities [42,43] or
interactions and tribo-induced surface changes [38]. A difference in the rolling friction for
the different oils can be observed (see Figure 7f). This shows that the rolling friction can
strongly be driven by the lubricant itself and not only by the thermoplastic material.

4.4. Influence of Load and Oil Temperature

The sliding coefficient of friction μs did not change significantly when the load FN
varied, as seen in Figure 8b,e. This can be understood by considering the estimated
contact pressures in Table 3. The calculated Hertzian pressures are low, and neither the
pressure-related increase in contact viscosity nor the influence of contact temperature
increases introduce significant differences or effects that cancel out for the considered
contact configuration. Contrary, rolling friction decreased with higher loads. Hence, a
higher contact pressure resulted in a lower rolling friction (see Figure 8c,f), which was in
accordance with the findings of Vicente et al. [1], Myant et al. [8], and Lates et al. [44].

As discussed in Section 4.3, the viscosity at ambient conditions exerts a dominant
influence on frictional behavior in EHL contacts with technical and high-performance
thermoplastics. This is confirmed by the influence of oil temperature ϑoil, as friction
decreases with increasing ϑoil (see Figure 9b), without a notable impact on the trend in the
friction curves. Note that Hofmann et al. [13] have shown very small contact temperatures
for EHL contacts with PEEK. The rolling friction was observed to decrease with a higher
oil temperature ϑoil and increase with the rolling speed vm (see Figure 9c,f). This finding
is consistent with the results reported by Vicente et al. [1]. Given the test procedure and
configuration of the MTM2 testing chamber (see Figure 1), it is reasonable to assume
that the specimens have temperatures similar to those of oil. Therefore, an increase in
oil temperature ϑoil results in an increase in the thermoplastic bulk temperature and,
consequently, a decrease in stiffness and contact pressures (see Figure 2). Lower contact
pressures mainly increase the rolling friction (see Figure 8b,c), a contrary effect to the
overall decrease in rolling friction with higher temperatures which was observed. For
the investigated oil temperature ϑoil range and the thermoplastic PEEK, with only a low
stiffness reduction in this range, it could be concluded that the lubricant’s behavior was the
main influencing factor.

The viscosity of the oil is of great consequence with respect to the oil film thickness
in EHL contacts. Consequently, at elevated oil temperatures ϑoil, the onset of the mixed
lubrication regime shifted towards higher rolling speeds vm (see Figure 9d).

4.5. Influence of Surface Roughness

In the case of mixed and boundary lubrication, it is essential to take into account
the impact of roughness when assessing friction. The starting influence of this regime
gives rise to the formation of local narrowing phenomena between roughness asperities at
micro-EHL contacts [42,43]. In addition, the surface interaction and adhesive forces play a
significant role [38,45]. The experimental results revealed that the coefficient of friction μ
could increase significantly for the contact configurations with PEEK and 100Cr6 under
boundary lubrication. A coefficient of friction exceeding μ =0.08 was observed, which was
markedly higher than that recognized in the fluid film lubrication regime (see Figure 10d).
It could be observed that the increase in friction was primarily attributable to sliding friction
rather than rolling friction (see Figure 10e,f). Given that mixed and boundary lubrication
are also accompanied by surface alteration and wear over time, the presented short-term
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measurements are quasi-stationary snapshots. Although a run-in procedure was conducted
prior to the measurements, long-term testing is required to draw further conclusions.

5. Conclusions

In this study, different influence parameters on friction in oil-lubricated rolling–sliding
EHL contacts with technical and high-performance thermoplastics were studied based on a
phenomenological methodology using a ball-on-disk tribometer. The effects and relevance
of the influence parameters were discussed. The general conclusions can be summarized
as follows:

• In thermoplastic EHL contacts, both sliding and rolling friction contributed signif-
icantly to the total friction, contrasting plain steel contact configurations, in which
sliding friction dominated.

• The sliding friction was low for all contact configurations with thermoplastics com-
pared to the plain steel contact configuration at the same normal load, thus showing
the potential frictional advantages of using thermoplastic materials.

• For the operating conditions studied, the rolling friction for the contact configurations
with PA12 and PA46 was approximately twice that of the contact configurations with
PEEK and POM.

• Despite the different contact geometries, the difference in sliding and rolling friction
was small between the contact configurations of steel/PEEK and PEEK/steel.

For fluid film lubrication, the following conclusions can be drawn:

• The sliding friction is only a little influenced by the oil type, load, and thermoplastic
material. A lower sliding friction is achieved by a lower Young modulus and a lower
oil viscosity.

• The rolling friction is highly dependent on the thermoplastic material, oil type, oil
viscosity, and load. A lower rolling friction is achieved by a higher normal load and a
lower oil viscosity.

• Friction in oil-lubricated thermoplastic EHL contacts shows the potential for superlu-
bricity with a coefficient of friction μ less than 0.01.

For mixed and boundary lubrication, the following conclusions can be drawn:

• The total friction increases drastically compared to fluid film lubrication.
• The rolling friction is only slightly influenced, but the sliding friction is strongly

increased. This is attributed to the high solid friction caused by surface interactions.
• POM and PEEK have the lowest friction, and PA12 and PA46 have the highest friction

in mixed and boundary lubrication.

In order to exploit the low-friction potential in machine elements with technical and
high-performance thermoplastics, one should enhance the fluid film lubrication regime.
This can be achieved with a low surface roughness or, in general, using oils that form a
high oil film thickness. Nevertheless, mixed and boundary lubrication cannot be avoided
for full operating maps. The interactions between surfaces and between surfaces and
lubricants are complex and can be coupled by changing surface conditions with tribofilms
and wear. This also affects the friction and can be the subject of further studies with regard
to long-term behaviors.
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Nomenclature

E Young’s modulus in N/m2

FN Normal force in N
FR Friction force in N
SRR Slide-to-roll ratio
vm Rolling speed in m/s
vs Sliding velocity in m/s
v Surface velocity of solid body in m/s
Ra Arithmetic average height of body in μm
E Thermal effusivity in J/(K·m2·s1/2)
cp Specific thermal capacity in J/(kg·K)
VI Viscosity index
pH Hertzian pressure in N/mm2

Greek symbols

λ Thermal conductivity in W/(m·K)
μ Coefficient of friction
ν Poisson’s ratio|kinematic viscosity in mm/s2

ϑ Temperature in ◦C
ϑg Glass transition regime in ◦C
ρ Density in g/cm3

ϑoil Oil temperature in ◦C
μ Mean coefficient of friction
δμ Relative change in test run 2 with respect to test run 1
Indices

1 Test run 1
2 Test run 2 (repetition)
r Rolling
s Sliding
oil Oil

Appendix A

In the following section, the repeatability of the measurements is evaluated. For this,
the relative change δμ of the second run μ2 compared to the first run μ1 is evaluated for
every measurement and then averaged for each curve after Equation (A1).

δμ =
∫ SRR=1

SRR=0

μ2 − μ1

μ1
dSRR , δμ =

1
(2.5 − 0.1) m/s

∫ vm =2.5 m/s

vm =0.1 m/s

μ2 − μ1

μ1
dvm (A1)
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Table A1. Relative change δμ in the second test run with respect to the first test run, averaged over
each friction and Stribeck-like curve.

Figure 5a Figure 5b Figure 5c Figure 5d Figure 5e Figure 5f
100Cr6/100Cr6 3.8% 7.9% −14.9% 5.3% 5.9% −10.5%
PEEK/100Cr6 −1.9% 8.7% −9.8% 0.0% 4.1% −12.9%
100Cr6/PEEK −4.4% −0.5% −10.9% 0.2% 3.5% −10.1%
PEEK/PEEK 0.7% 1.9% −4.9% 14.5% 21.5% −10.5%

Figure 6a Figure 6b Figure 6c Figure 6d Figure 6e Figure 6f
100Cr6/PEEK −4.4% −0.5% −10.9% 0.2% 3.5% −10.1%
100Cr6/PA12 2.8% 8.6% 3.9% 3.7% −0.6% 9.4%
100Cr6/PA46 −9.5% −3.8% −13.5% −10.3% −5.9% −14.6%
100Cr6/POM 1.8% −2.4% 2.9% 5.1% 6.6% 1.9%

Table A1. Cont.

Figure 7a Figure 7b Figure 7c Figure 7d Figure 7e Figure 7f
MIN100 −4.4% −0.5% −10.9% 0.2% 3.5% −10.1%
MIN32 0.6% 8.1% −9.5% 22.9% 28.5% −8.5%
PAO100 −6.5% −2.4% −10.8% −5.2% −3.7% −8.0%

PAGW100 −5.6% −2.2% −6.9% −3.9% −3.7% 17.4%

Figure 8a Figure 8b Figure 8c Figure 8d Figure 8e Figure 8f
FN = 10 N −6.5% 2.2% −12.2% −1.8% 1.8% −9.4%
FN = 20 N −4.4% −0.5% −10.9% 0.2%% 3.5% −10.1%
FN = 30 N −2.1% 3.6% −9.9% 5.5%% 7.6% 1.8%

Figure 9a Figure 9b Figure 9c Figure 9d Figure 9e Figure 9f
ϑoil = 40 ◦C −4.4% −0.5% −10.9% 1.5% 3.5% −10.1%
ϑoil = 60 ◦C −4.8% 3.9% −15.7% 7.8% 13.1% −10.4%
ϑoil = 80 ◦C 7.9% 19.7% −7.2% 26.4% 30.4% 1.5%

Figure 10a Figure 10b Figure 10c Figure 10d Figure 10e Figure 10f
Ra < 0.02 μm −4.4% −0.5% −10.9% 0.2% 3.5% −10.1%
Ra ≈ 0.25 μm −15.1% −24.6% 0.6% −3.7% −3.5% −0.6%
Ra ≈ 0.50 μm −24.8% −24.8% 38.9% −4.1% −4.7% 35.8%
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Abstract: Mixed friction in liquid-lubricated tribosystems is characterized by the simultaneous
presence of liquid and solid friction. Liquid friction results from the shearing of the lubricant, and
solid friction from deformation and adhesion. Elastic hysteresis and plastic deformation of the solids
cause energy losses during deformation and the separation of molecular bonds between the solids
causes energy losses during adhesion. The classic conception of mixed friction presupposes direct
contact between rough solids for solid friction to exist. However, if hysteresis losses are fully accepted
as a cause for solid friction, every fully lubricated elastohydrodynamic contact would ultimately be a
mixed friction contact since the elastic deformations of the solids also cause a loss of energy induced
by hysteresis. Thus, the classic conception of mixed friction should be expanded since mixed friction
can occur even when solids do not have any direct contact.

Keywords: elastohydrodynamics; hysteresis friction; mixed friction; friction states; lubrication states

1. Introduction

To increase the lifetime of tribological systems, it is important to optimize friction and
wear. This requires knowledge of the effective frictional forces. The frictional forces can
be altered by changing the operating conditions, the material and lubricant, or the surface
geometry. Tribological systems are often designed according to the trial-and-error method,
based on many years of experience and many tests. This approach reaches its practical
limits due to the high costs involved and the ever-shorter product development cycles.
Virtual product development and thus the simulation of tribological systems offers a way
out. However, calculating the friction behavior of tribological systems requires detailed
consideration and a description of all mechanisms involved in friction.

1.1. Friction and Lubrication

Friction is due to interactions between contacting material areas of bodies, which
counteract the relative movement of the bodies. The term “body” is representative of
everything that has a mass and occupies a space. Bodies consist of substances that can be
solid, liquid, or gaseous. Depending on the state of motion of the bodies, a distinction can
be made between friction without relative motion (static friction) and friction with relative
motion (dynamic friction). Depending on the affiliation of the material areas involved
in the friction process, external or internal friction can be present. In the case of external
friction, the contacting material areas belong to different bodies, whereas in the case of
internal friction, they belong to one and the same body. Internal and external friction can
occur simultaneously.

The friction in a tribological system can be specifically influenced by lubrication.
Lubricants, which can be solid, liquid, consistent, or gaseous, are used for this purpose.
The use of lubricants is often linked to the aim of achieving partial or complete separation
of the friction bodies. The hydro-, elastohydro-, or aerodynamic as well as the hydro- or
aerostatic effect can be utilized for this purpose. Whereas with hydro-, elastohydro-, and
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aerodynamics, the load capacity applied by the lubricant results from an internal pressure
generation in the lubrication gap, with hydro- and aerostatics, this results from an external
pressure generation in the lubrication gap by an external pump.

In German-speaking countries, a distinction tends to be made between friction
states [1], whereas, outside German-speaking countries, lubrication states tend to be
subdivided [2]. From a scientific point of view, it is necessary to distinguish between
friction and lubrication states and to clearly separate them from one another. If the
friction in a contact is considered, the friction state is decisive. If the type of lubrication
of a contact is in the foreground, the lubrication state must be considered.

If friction is classified according to the aggregate state of the substances involved in
the friction, the following friction states can be defined:

• Solid friction is friction between solid bodies in direct contact. If friction takes place
between solid boundary layers, it is boundary layer friction. If the solids are covered by
a very thin liquid film, this is boundary friction.

• Liquid friction is internal friction in the material area with liquid properties and is
present in a hydrodynamically, elastohydrodynamically, or hydrostatically generated
lubricating film.

• Gas friction is internal friction in the material area with gas properties and is present in
an aerodynamically or aerostatically generated lubricating film.

• Mixed friction is any mixed form of the aforementioned friction states and can also
result from more than two superimposed friction states.

Depending on the lubrication, the following lubrication states can be distinguished:

• Boundary lubrication is lubrication with solid boundary layers or very thin liquid
films. A special case of lubrication with solid boundary layers is superlubricity.
In the presence of very thin liquid films, hydrodynamic, elastohydrodynamic, or
hydrostatic load capacity effects are negligible. Boundary lubrication is the subject
of molecular dynamics.

• Liquid lubrication is the lubrication with a liquid in which a complete separation of the
friction body surfaces by hydrodynamics, elastohydrodynamics, or hydrostatics is
aimed for (full lubrication).

• Gas lubrication is lubrication with a gas in which complete separation of the friction
surfaces is achieved by aerodynamics or aerostatics (full lubrication).

• Mixed lubrication or partial lubrication is any mixture of the aforementioned lubrica-
tion states.

The friction and lubrication states can be displayed in the Stribeck curve, as shown in
Figure 1. Here, a representation with a linear or logarithmic axis for the rotational speed or
sliding velocity is possible.

 

Figure 1. Cont.
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Figure 1. Stribeck curve in linear and logarithmic representation (B—friction minimum; C—lift-off point).

1.1.1. Friction Mechanism in Fluid Friction

Fluids are viscous media such as liquids and gases. The friction of liquids results from
the contact and mutual displacement of molecules. Gas friction results from the collision
of gas particles (atoms or small molecules). These friction mechanisms are effective when
liquids and gases are sheared in the lubrication gap. One measure of shear resistance
is the viscosity. The resulting friction or viscosity depends on the chemical structure of
the fluid, the temperature, the pressure, and the shear rate. Fluid and gas friction are
generally very low, with gas friction usually achieving much lower values than fluid
friction. The calculation of fluid-lubricated systems is carried out using the basic equations
of fluid mechanics, into which temperature-, pressure-, and shear gradient-dependent fluid
properties are incorporated [3].

1.1.2. Friction Mechanism in Solid Friction

Solid friction is due to mechanical and atomic/molecular interactions. This was
first formulated by Kragelskij [4] and Bowden et al. [5] and subsequently taken up and
confirmed by many authors. Kragelskij spoke of the double nature of solid friction. Both
parts can occur simultaneously but can be pronounced to different degrees.

If solids are subjected to stress, elastic and plastic deformation of the solids can occur.
When the rough solids come into direct contact, the real contact surface is formed. The
deformation of the solid bodies is associated with energy losses, which, in a tribosystem
with kinetic friction, manifest themselves as continual solid friction losses and are assigned
to the mechanical interactions. The plastic deformation work is irreversibly lost due to the
lasting deformation and is therefore 100% frictionally effective. The elastic deformation
work is only partially frictionally effective, as this is largely recovered by the elastic recovery
of the solid bodies. The partial loss results from an incomplete elasticity of the materials
and is called elastic hysteresis or mechanical damping. Hysteresis effects are reflected, for
example, in the natural decrease in mechanical vibrations. A measure of the loss that occurs
is the hysteresis factor H as the ratio of loss energy and applied elastic energy. The size of
the hysteresis factor depends on the material, the deformation speed, the load level, the
type of load (uniaxial or multiaxial), the load duration/frequency, and the temperature.
The hysteresis tends to increase with an increase in the load parameters and temperature.
Rubber, plastics, gray cast iron, or some ferromagnetic alloys exhibit a high hysteresis.
Information on hysteresis factors of materials in standard tests can be found in [6] or [7].
Information on hysteresis factors of materials in the friction process, especially for the
friction-relevant area near the surface, is not yet available to the desired extent.

When the rough solids come into direct contact, adhesive bonds are also formed in the
real contact area Ar, which correspond to atomic/molecular interactions. These adhesive
bonds are of a chemical or physical nature and can be more or less pronounced. The type
and strength of the bond depend on the boundary layers/boundary films that form on the
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solids. For example, the adhesive bonding forces between two oxide-covered iron bodies
(van der Waals bond) are lower than those resulting from direct iron/iron contact (metal
bond). To maintain the relative movement between two adhesively interacting solids,
energy must be permanently expended to separate the atomic/molecular bonds. Solid
friction losses are the result. Depending on the bonding state, adhesion or cohesion bonds
can be separated. The decisive factor here is which bonds fail first. When cohesive bonds,
which ensure the cohesion of the solids, are separated, material is detached locally from
the cohesively weaker bonded body, and material is transferred to the counter body. This
is referred to as adhesion wear or more generally as scuffing. No material transfer occurs
when adhesion bonds are separated.

To calculate solid friction, it makes sense to take an energetic approach [8–11]. While
a force is defined by magnitude and direction (vectorial quantity), work or energy is
described solely by a magnitude without direction (scalar quantity). Only the traceability
of work to a force along a path leads to a directional consideration. This can be utilized in
an energetic friction calculation. In G = general, the solid friction work Wf s results from

Wf s = μs · Fs · s f = Ff s · s f (1)

The solid friction work can also be written as the sum of the energy components
from deformation and adhesion in accordance with the solid friction mechanisms
explained above:

Wf s = Wf s,de f + Wf s,ad (2)

The following applies to the deformation-related friction work, considering the hys-
teresis losses resulting from the elastic deformation and any plastic deformation losses,
which are 100% frictionally effective:

Wf s,de f = Wel
f s,de f + Wpl

f s,de f (3)

with
Wel

f s,de f = Hred · Wel
s,de f (4)

and
Wpl

f s,de f = Wpl
s,de f (5)

The reduced hysteresis factor Hred is introduced in Equation (4) considering different
elastic hysteresis properties of the paired materials and can be calculated according to [11]
using Equation (6).

Hred =
H1

E1(1−ν2
2)

E2(1−ν2
1)

+ 1
+

H2
E2(1−ν2

1)
E1(1−ν2

2)
+ 1

(6)

The calculation of the adhesion-related solid friction work Wf s,ad is more difficult,
but can be determined, for example, from the specific work of adhesion γad or the shear
strength τs,ad of the atomic/molecular compound to be separated [11]:

Wf s,ad = γad · Ar = τs,ad · Ar · s f (7)

If the solid body friction work Wf s, the friction distance s f and the solid body load-
bearing force Fs acting in the normal direction are known, the following can by inserting
and converting to the solid body friction force:

Ff s =
Wf s

s f
=

Wf s,de f + Wf s,ad

s f
= Ff s,de f + Ff s,ad (8)
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or the solid friction coefficient μs can be concluded:

μs =
1
Fs

· Wf s

s f
=

Wf s,de f + Wf s,ad

Fs · s f
(9)

1.2. Elastohydrodynamics

The term elastohydrodynamics (EHD) was introduced in the middle of the 20th
century [12]. Initially, the term was only used for liquid-lubricated concentrated contacts
(e.g., in rolling bearings or gears), but today, it is also used for liquid-lubricated non-
concentrated contacts (e.g., in plain bearings or piston/cylinder pairings) if the gap flow
calculation is coupled with an elastic gap deformation calculation. Elastohydrodynamics
considers addition to hydrodynamics (HD), in which the pressure and shear gradient
dependence of the viscosity must be considered, also the elastic deformation of the solids
to be separated by a lubricating film. For the extension of the elastohydrodynamics by the
temperature calculation, the term thermal elastohydrodynamics (TEHD) was coined.

Figure 2 shows a schematic illustration of the pressure distribution and the lubrication
gap height profile of a concentrated EHD contact in the direction of movement. For
comparison, the pressure distribution according to Hertz for the unlubricated contact is
also shown. Two characteristic lubrication gap heights can be defined, namely the central
film thickness hc in the center of the contact and the minimum film thickness hmin in the
gap constriction. Furthermore, a distinction can be made between a pressure area, in which
the supporting effect of the lubricant is achieved, and a cavitation area, in which the gap
that opens is not completely filled with lubricant.

 
Figure 2. Pressure distribution and lubrication gap height profile in a concentrated EHD contact.

In the classic conception, the EHD contact shown in Figure 2 would be assigned to
liquid friction or liquid lubrication if the minimum film thickness hmin is so large that
the rough surfaces do not touch (hmin > hcr). In fact, however, it is an EHD contact with
mixed friction and liquid lubrication, provided that the definition of mixed friction in
liquid-lubricated EHD contacts as a superposition of liquid and solid friction and the fact
that hysteresis losses in the elastically deformed solids are to be assigned to solid friction as
internal friction are accepted without restriction.

When calculating the friction of fully lubricated EHD contacts, hysteresis losses are
often not considered. The friction is calculated solely from the shear of the lubricant. How
large the “hysteresis friction” can be is intended to show the following explanations. The
aim of this work is not to consider complex EHD contact and material models to be able
to precisely determine the hysteresis friction in the solid bodies. Instead, a simplified
approach is used to illustrate the possible orders of magnitude and the resulting findings.

2. Materials and Methods

According to Figure 2, the starting point should be a fully lubricated EHD contact
in which two bodies curved on both sides roll against each other. The semi-axes of the
elliptical contact area that forms and the pressure distribution acting there (Figure 3) should
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be calculated as a good approximation using Hertz’s equations for the unlubricated normal
contact [13].

Figure 3. Hertzian contact and definition of geometric quantities.

According to Hertz, a reduced radius Rred is introduced, which can be interpreted as
the radius of a fictional elastic sphere that is pressed against a rigid plane.

1
Rred

=
1

R1x
+

1
R1y

+
1

R2x
+

1
R2y

(10)

Here, the radius of a convex curvature must have a positive sign and that of a concave
curvature a negative sign, as shown in Figure 3. Furthermore, it must be ensured that
the radius of the convex body is smaller than that of the concave body in the case of a
convex/concave pairing. If one of the solids is a plane, 1/Rx,y = 0 is applied.

The elastic properties of the fictional sphere are determined from the elastic properties
of the two elliptical bodies with the reduced Young’s modulus Ered.

1
Ered

=

(
1 − ν2

1
)

E1
+

(
1 − ν2

2
)

E2
(11)

Furthermore, an auxiliary angle τ can be introduced, for which applies

cos(τ) = Rred

√√√√(
1

R1x
− 1

R1y

)2

+

(
1

R2x
− 1

R2y

)2
+ 2

(
1

R1x
− 1

R1y

)
·
(

1
R2x

− 1
R2y

)
· cos(2α) (12)

or for a twist angle of α = 0:

cos(τ) = Rred ·
∣∣∣∣∣ 1
R1x

− 1
R1y

+
1

R2x
− 1

R2y

∣∣∣∣∣ (13)

The auxiliary angle τ is also related to the half-axis ratio.

κ =
b
a
(a ≥ b, 0 ≤ κ ≤ 1) (14)

cos(τ) =
Eell(κ) ·

(
1 + κ2)− 2 · Kell(κ) · κ2

Eell(κ) · (1 − κ2)
(15)
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If the cos(τ) value is known from Equation (12) or Equation (13), the half-axis ratio
can be determined iteratively using Equation (15). The complete elliptic integrals Eell(κ)
and Kell(κ) in Equation (15) can be calculated as follows:

Eell(κ) =
∫ π/2

0

√
1 − (1 − κ2) · sin2(φ)dφ (16)

Kell(κ) =
∫ π/2

0

1√
1 − (1 − κ2) · sin2(φ)

dφ (17)

With knowledge of κ, three coefficients can be determined which are used as correction
factors in the equations for the fictional point contact to calculate the major and minor
semi-axes of the real elliptical contact surface and the maximum deflection of the elliptical
contact bodies. The correction factor for the major half-axis is

ca =
3

√
2 · Eell(κ)

π · κ2 (18)

The correction value for the minor half-axis is

cb = κ · ca (19)

The correction value for the maximum deflection of the contacting bodies is given by

cw = Kell(κ) · 3

√
4 · κ2

π2 · Eell(κ)
(20)

Alternatively, the correction factors ca and cb can be calculated using the auxiliary value

fτ = ln[1 − cos(τ)] (21)

according to [14] with the following approximate solutions:

ca = exp
(

fτ

−1.53+0.333· fτ+0.0467· f 2
τ

)
f or 0 ≤ cos(τ) < 0.949

ca = exp
(√

−0.4567 − 0.4446 · fτ + 0.1238 · f 2
τ

)
f or 0.949 ≤ cos(τ) < 0.999998

(22)

cb = exp
(

fτ

1.525−0.86· fτ−0.0993· f 2
τ

)
f or 0 ≤ cos(τ) < 0.949

cb = exp
(−0.333 + 0.2037 · fτ + 0.0012 · f 2

τ

)
f or 0.949 ≤ cos(τ) < 0.999998

(23)

In [14] only approximate equations for ca and cb are given. To be able to calculate
cw with little effort, an equation for cw is required. This is achieved by rearranging
Equation (15) to Kell(κ), Equation (18) to Eell(κ), and Equation (19) to κ, and by inserting
the three resulting equations into Equation (20). The result is an equation with which
cw can be calculated as a function of ca and cb:

cw = c2
b +

1
2

c2
a ·

[
1 −

(
cb
ca

)2
]
· [1 − cos(τ)] (24)

The deviations of the three approximate equations listed are not greater than 0.7%
over the entire value range.
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The major half-axis a and the minor half-axis b of the elliptical contact as well as the
maximum deflection of the bodies follows from

a = ca · 3

√
3 · F · Rred

4 · Ered
(25)

b = cb · 3

√
3 · F · Rred

4 · Ered
(26)

wmax = cw · 3

√
9 · F2

32 · Rred · E2
red

(27)

The pressure distribution in the contact is calculated from

p(x, y) = pmax ·
√

1 −
( x

b

)2 −
(y

a

)2
(28)

where for the maximum pressure in the center of the contact area, the following is applied:

pmax =
3 · F

2π · a · b
(29)

The calculation of the elastic deformation work to be applied during rolling between
the two bodies is achieved using an approach by Tabor [15–19], which was presented for
the rolling of a rigid ball on an elastic plane or in an elastic groove and can be generalized.
Within the contact area, the total deformation w at any point (x, y) can be described by the
following function:

w(x, y) = −wmax(0, 0) +
x2

2R1x
+

x2

2R2x
+

y2

2R1y
+

y2

2R2y
(30)

The change in deformation when rolling forward by a small distance Δ in the x-
direction results from the derivative of Equation (30) with respect to x as

Δ
∂w
∂x

= Δ
(

x
R1x

+
x

R2x

)
=

Δ · x
Rred,x

with
1

Rred,x
=

(
1

R1x
+

1
R2x

)
(31)

The deformation work performed in all surface elements dxdy (Figure 4) in the front
half of the contact area when rolling forward by the distance Δ is given by

Wel
s,de f =

Δ
Rred,x

∫ a

−a

∫ ξ

0
p(x, y)xdxdy with ξ = b

√
1 −

(y
a

)2
(32)
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Figure 4. Hertzian contact area with surface element dxdy.

The solution of the integral is succeeded by substitution and subsequent transforma-
tion of the integral into polar coordinates. The result is the elastic deformation work to be
applied when rolling in the direction of the minor half-axis (x-direction)

Wel
s,de f ,x =

Δ
Rred,x

· 3 · F · b
16

(33)

and in an analogous derivation for rolling in the direction of the major half-axis (y-direction):

Wel
s,de f ,y =

Δ
Rred,y

· 3 · F · a
16

(34)

When the two bodies roll, the friction bodies are loaded in the front contact area
and unloaded again in the rear contact area. Hysteresis losses occur, which manifest
themselves as solid friction losses according to Equation (4). The solid friction force
resulting in the respective rolling direction can be calculated with a rolling or friction
distance of s f = Δ from

Ff s,hys,x =
Wel

f s,de f ,x

s f
=

Hred · Wel
s,de f ,x

Δ
(35)

Ff s,hys,y =
Wel

f s,de f ,y

s f
=

Hred · Wel
s,de f ,y

Δ
(36)

and the direction-dependent friction moment with

Mf s,hys,x = Ff s,hys,x · Rred,x (37)

Mf s,hys,y = Ff s,hys,y · Rred,y (38)

A solid coefficient of friction can be determined from the hysteresis-related solid
friction force and the acting normal force. When there is a rolling in the direction of the
minor half-axis, the result is

μs,hys,x =
Ff s,hys,x

F
= Hred · 3

16
· b

Rred,x
(39)

and when rolling is in the direction of the major half-axis, the following is obtained:

μs,hys,y =
Ff s,hys,y

F
= Hred · 3

16
· a

Rred,y
(40)
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Analogous to the derivation for point contacts, it is also possible to derive a hysteresis-
related coefficient of solid friction for line contacts

μs,hys,x = Hred · 2
3π

· b
Rred,x

(41)

where the pressure distribution for line contacts must be used to derive Equation (41).

p(x) = pmax ·
√

1 −
( x

b

)2
with pmax =

2 · F
π · b · L

(42)

3. Results and Discussion

Equations (39) and (40) show that all point contacts with the same axis-related
rolling direction, the same ratio of half-axis and reduced radius, and the same reduced
hysteresis factor will have identical hysteresis-related coefficients of solid friction.
Figure 5 shows the possible magnitudes of these coefficients of friction. In Figure 5, the
reduced hysteresis factor was varied in a range from 1% to 10%. The smaller values
stand for steel/steel pairings and the larger values for plastic/steel or elastomer/steel
pairings. The author is aware that the linear-elastic deformation approach, which is
considered in Hertz’s equations, does not adequately describe the deformation behavior
of plastics or elastomers. In these cases, the linear-elastic approach would have to be
supplemented by a viscoelastic component.

Figure 5. Hysteresis-related solid coefficients of friction of rolling contacts with point or line contact
at different hysteresis factors.

The hysteresis loss when taking viscoelasticity into account will therefore be higher
than that calculated using a purely linear-elastic approach. Independently of this, the range
selected for the hysteresis factor in Figure 5 is probably not entirely unrealistic for rolling
contacts as it can be assumed that the hysteresis factors will be higher than those determined
in classical test procedures, such as dynamic mechanical thermal analysis (DMTA), on
standard test specimens due to the high deformation speeds, loads, and temperatures in
rolling contacts [7].

Furthermore, the range of values selected in Figure 5 for the ratio of half-axis and
reduced radius corresponds to the values that can also occur in real applications. It is clear
that the hysteresis-related coefficient of solid friction increases with increasing load, i.e.,
with increasing ratio of half-axis and reduced radius and increasing damping behavior of
the material pairing.
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If there is a completely separating lubricating film in an EHD contact between the
two bodies, the adhesion component of the solid friction work according to Equation (2)
is ineffective. If no plastic deformations occur according to Equation (3), friction losses
are only effective due to hysteresis-related solid friction according to Equation (4), and
additionally due to liquid friction. The frictional force Ff in the EHD contact then results
from the liquid frictional force Ff h and a hysteresis-related solid friction force Ff s,hys.

Ff = Ff h + Ff s = Ff h + Ff s,hys (43)

For the resulting friction coefficient μ, the following can be written:

μ =
Ff

F
=

Ff h + Ff s,hys

F
(44)

Figure 5 shows that the hysteresis-related coefficients of solid friction can be in the
same order of magnitude as the coefficients of fluid friction of fully lubricated EHD contacts.
Therefore, hysteresis friction can have a significant influence on the overall friction behavior
of a fully lubricated EHD contact in the case of pure rolling or very small slip values and
should not be neglected. With larger slip values or pure sliding, hysteresis friction should
play a subordinate role. The above statements are equally valid for elastohydrodynamic
point and line contacts.

The hysteresis-related solid friction can be calculated analytically with the equations
previously listed for ideal Hertzian point and line contacts. The equations are no longer
applicable for rolling elements with any geometries (rolling elements with logarithmic
profiles, manufacturing deviations, wear profiles, etc.). Numerical calculations are an
alternative here. In numerical EHD calculations, the hysteresis-related solid friction can
be determined using the model for describing the lubrication gap deformations (elastic
half-space or FEM) for stationary and transient operating conditions.

4. Conclusions

This paper showed that it is necessary to differentiate between friction and lubrication
states and that these must be clearly separated from each other. If the friction in a contact
is considered, the friction state is decisive. If the focus is on the type of lubrication of a
contact, the lubrication state must be considered.

A calculation of the friction behavior of tribological systems requires a detailed consid-
eration and description of all mechanisms involved in friction. Although hysteresis-related
solid friction losses always occur in fully lubricated EHD contacts, these friction losses are
often not considered. The friction losses acting in the EHD contact are attributed usually
to fluid friction alone. Depending on the slip, the influence of hysteresis-related solid
friction on the total friction of a fully lubricated EHD contact can be negligibly small, just as
large, or even larger than the fluid friction and is more pronounced with plastics than with
metals. Due to the always-existing hysteresis-related energy losses in the solids, which are
attributable to solid friction and are superimposed on the liquid friction losses, it can be
formulated that every fully lubricated EHD contact is a mixed friction contact. This would
extend the classical concept of mixed friction, as mixed friction can also occur without direct
contact between the solids. Furthermore, a fully lubricated EHD contact is traditionally
assigned to the friction state of liquid friction and the lubrication state of liquid lubrication.
However, in reality, this is an EHD contact with mixed friction and liquid lubrication.
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Ar Real contact area (m2) w Deformation (m)
a Major half-axis (m) x, y Cartesian coordinates (m)
b Minor half-axis (m) α Twist angle (◦)
ca, cb, cw Correction factors (-) γ Specific work (Nm/m2)
E Young’s modulus (N/m2) Δ Distance (m)
Eell Elliptical integral 2nd kind τ Auxiliary angle (◦)
F Normal force (N) ϕ Angle (◦)
Fs Solid load capacity (N) κ Half-axis ratio (-)
Ff Total friction force (N) μh Coefficient of liquid friction (-)
Ff h Liquid friction force (N) μs Coefficient of solid friction (-)
Ff s Solid friction force (N) υ Poisson’s ratio (-)
fτ Auxiliary value (-) τs Shear strength (N/m2)
H Hysteresis factor (-)
hc Central film thickness (m)
hcr Critical film thickness (m) Frequently used indices
hmin Minimum film thickness (m) 1 Body 1
Kell Elliptical integral 1st kind 2 Body 2
L Width of cylinder (m) ad Adhesion
p Hertzian pressure (N/m2) de f Deformation
R Radius (m) el Elastic
s f Sliding distance (m) hys Hysteresis
u Circumferential speed (m/s) max Maximum
Ws Solid deformation work (Nm) pl Plastic
Wf s Solid friction work (Nm) red Reduced
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Abstract: In this study, we analyze the extent to which thin hard coatings can serve as tribolog-
ical protective layers for the selected plastic substrate materials PA12 (polyamide 12) und PEEK
(polyetheretherketone), with and without fiber reinforcement. The approximately 1 μm thick coating
variants ta-C, ta-C:N, and ta-C:B, which were applied using the laser arc process, are investigated.
In oscillating sliding wear tests against a steel ball in an air atmosphere without lubricant, the wear
of the coating and counter body is compared to analogous coating variants applied in parallel to
AISI 52100 steel. The ta-C-based coatings show good adhesion strength and basic suitability as wear
protection layers on the plastic substrates in the tribological tests. However, there are variations
depending on the coating type and substrate material. The use of a Cr interlayer and its thickness
also plays an important role. It is demonstrated that by coating under conditions where the uncoated
plastic substrate would normally fail, a similarly good performance as with analogously coated steel
substrates can be achieved by ta-C:N.

Keywords: ta-C; coating; plastic; wear; PA12; PEEK; friction; sliding; tribotest; doped ta-C

1. Introduction

Thin hard coatings, primarily composed of nitride hard materials (e.g., TiN and CrN)
or diamond-like carbon (DLC, e.g., a-C:H and ta-C), have been proven to be effective for
decades as tribological protective layers on sliding components made of steel. Due to their
high hardness, they enhance the surfaces’ resistance to micro-abrasive wear and, in some
cases, significantly reduce friction. Such coatings are indispensable today, particularly
for applications in internal combustion engines on piston-group (piston ring, piston pin),
fuel-injection, and valve-train components (bucket tappets, finger follower) [1].

With the development of increasingly durable plastics, these materials are increasingly
considered as alternatives for lightly to moderately loaded tribological components made
of steel. Due to their unbeatable advantages such as their low cost, good machinability,
flexibility in shaping, and low density, plastics are now increasingly considered for tribo-
logically loaded components in bearings, gears, guide rails, etc. However, the abrasive
wear of plastic surfaces under real operating conditions in the presence of dust, soot, and
other wear particles emerges as a limiting factor more so than with steel.

Among the polymer types that are suitable for the mentioned applications, the PA12
(polyamide 12) und PEEK (polyetheretherketone) variants are of particular interest. Both of
them possess the characteristics of high strength, good chemical resistance, high abrasion
resistance, and low friction. PEEK is superior to PA12 in all respects, but is significantly
more expensive to manufacture. PA12 is therefore considered a low-cost alternative to
PEEK. In order to improve the mechanical properties of polymers, i.e., strength and rigidity,
they are reinforced with fibers (usually glass fibers or carbon fibers). The type of fiber
reinforcement depends on the specific requirements of the application, the costs, and
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the desired material properties. Even if the fiber reinforcement is advantageous for the
mechanical behavior in many respects, the fiber content can have a detrimental effect in the
tribological respect. When in tribological contact with soft mating bodies, fibers might be
more abrasive than unreinforced polymers.

The use of thin, hard, wear-protective coatings on plastic substrates analogous to steel
has hardly been considered to date in industrial applications. The difference in mechanical
properties between the substrate and the coating is too large and it was assumed that the
coating would fail quickly due to the so-called eggshell effect. There are a few tribological
studies of DLC-coated polymers in the literature, e.g., on PEEK substrates under dry
conditions [2–4] or under lubricated conditions [5]. Most research has been carried out
on coated polymers in the context of medical technology applications, particularly for
implants [6–9]. To the best of our knowledge, there is no published work in the literature
on ta-C coatings on plastic substrates apart from our own work [10].

In this study, hard and superhard ta-C-based coatings, analogous to those used as
tribological protective layers on steel, were deposited on various plastics and analyzed
tribologically. For this purpose, the plastics PEEK (high-quality, relatively hard plastic),
PA12 (relatively inexpensive, softer plastic), and both variants with carbon-fiber reinforce-
ment were selected as substrate materials. A standard ta-C coating and two doped variants
thereof (ta-C:N and ta-C:B) served as the coating. An important issue with coatings is the
use of an inter- or adhesion layer. On the one hand, the interlayer is intended to achieve
a better chemical bond or mediation between the metal and the coating material, and on
the other hand, it is sometimes intended to accommodate strong differences between the
mechanical properties or achieve a load-supporting effect. Cr or Ti is generally used as
an interlayer for metallic substrates. In this study, the Cr interlayer was also used for the
plastic substrates. In a further series, ta-C:B coatings were deposited without and with two
different thicknesses of the Cr interlayer for comparison.

An initial setting of tribotest parameters is used to screen three different coating
variants. In a second step, the most promising coating–substrate combination with modified
test conditions is then selected. Finally, a comparative tribotest is carried out with the
selected variant in comparison to uncoated plastic and a coated steel reference. Even
though the potential use of the coated plastics will generally take place under lubricated
conditions, this first study will test the wear behavior under extreme conditions, i.e., under
sliding conditions without lubrication.

2. Materials and Methods

For the coating and subsequent investigations, five different substrates were used (see
Table 1). Four of these were different plastics from Evonik (Evonik Operations GmbH,
Kirschenallee, Darmstadt, Germany), which were compared with the steel substrate AISI
52100 as a reference. The polymers included two variants each of polyamide 12 (PA12)
and polyetheretherketone (PEEK). In addition to the base version, glass-fiber-reinforced
PA12 and carbon-fiber-reinforced PEEK substrates were used (PA12-GF30 and PEEK-
CF30, respectively). The material content of glass and carbon fibers was 30 percent. The
dimensions of the sample plates were 18 mm × 13.5 mm × 3 mm. The steel surface
was polished, and the surfaces of the plastics were not mechanically post-processed after
injection molding.

Table 1. Substrate materials used for coating and their mechanical properties.

Material AISI 52100 PA12 PA12-GF30 PEEK PEEK-CF30

Young’s Modulus [GPa] 210 * 1.4 ** 6.8 ** 3.5 ** 24 **
Yield Strength [MPa] >835 * 43 ** 120 ** 95 ** 251 **

* WIXSTEEL Industrial [11]. ** Evonik Industries AG product information [12].

The coatings were deposited in a commercial physical vapor deposition (PVD) cham-
ber (VTD Vakuumtechnik Dresden GmbH, Dresden, Germany) with an attached LaserArc™
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carbon evaporation source (Fraunhofer IWS, Dresden, Germany). An 8-axis planetary sys-
tem was used as a sample holder and set in twofold rotation. Standard graphite targets
from Plansee Composite Materials GmbH, Germany, were used as the cathode material
for the generation of the ta-C and the nitrogen-gas-doped ta-C:N coatings. In the case of
B-doped carbon, powder-pressed and sintered composite graphite targets with a nominal
content of 5 at% of boron from the same company were used. Approximately the same
content of 5 at% boron was found in the ta-C:B coating. The coating process was as follows:
In the beginning, the deposition chamber was evacuated to a high vacuum at a pressure
of about 10−4 Pa and an argon ion etching process was carried out prior to the coating
deposition. Subsequently, in some cases, a chromium adhesion interlayer was deposited
by magnetron sputtering, followed by deposition of the carbon coatings by pulsed arc
discharge that generates the carbon plasma. The arc discharges were ignited using laser
pulses from a Q-switched Nd-YAG laser. Detailed information on the LaserArc process has
been published elsewhere [13,14]. In the case of the ta-C:N coatings, during the evapora-
tion of carbon by LaserArc, nitrogen gas with a 40 sccm flow rate was introduced in the
deposition chamber, resulting in a content of approximately 5 at% N in the ta-C:N coating.
In all process steps (ion etching, interlayer, and carbon coating) no bias voltage was used
due to the use of non-conductive polymer substrates.

The coating thickness was determined using the ball crater grinding method that is
standardized in EN ISO 26423:2016 [15]. Three individual craters were ground on each
specimen using the calotte grinding unit “KSG 117′′ (Inovap GmbH, Radeberg, Germany).
Instrumented indentation was carried out with a Berkovich diamond indenter on the
“ZHN-1” from Zwick/Roell GmbH, Germany, to determine hardness H and the Young’s
modulus E of the coatings according to EN ISO 14577-4 [16]. For this purpose, the QCSM
technique and the sigmoid fitting method were used for data acquisition and evaluation [17].
The maximum normal loads were 40 mN. A Poisson’s ratio of 0.19 was assumed for
all coatings.

For tribological characterization, an SRV4 from Optimol Instruments with the standard
oscillation setup was used, which corresponds to the translatory tester according to DIN
51834-1:2010-11 [18]. The coated flat substrates were fixed as lower samples against an
uncoated, polished AISI 52100 steel ball with ∅10 mm as the upper sample loaded with a
normal load and oscillating movement. The counter-body wear was determined under the
presumption of plain ball wear and was calculated via the diameter of the ball wear. The
test specimen and holder were cleaned ultrasonically in high-purity benzine before the test.
The tests were performed at room temperature (20 ± 5 ◦C) with no lubricant, in air with a
controlled humidity of 50 ± 5%.

In this study, three different parameter sets were used (see Table 2). Thereby, set I,
with relatively harsh loading conditions but a short test duration, was used to obtain a
quick general overview of the wear behavior on the different substrates. Set II used to
simulate a load case that is closer to the application. The normal force is reduced to a
tenth of the previous load and the test duration is extended by a factor of 10. Set III was
only applied to selected substrates and is intended to show the limits in terms of load and
load-bearing capacity.

Table 2. Parameter sets used for tribological characterization.

Parameter Set I Set II Set III

Normal load [N] 10 1 10
Oscillation frequency [Hz] 10 10 10

Stroke [mm] 1 1 1
Testing time [min] 10 100 60

The white-light interferometry method was used to determine the surface roughness
Sa using the Leica DCM 3D microscope according to EN ISO 25178 [19].
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Particles and defects visible on the surface, i.e., carbon macroparticles incorporated
in the coating, were quantified by the “surface defect fraction (SDF)” parameter that was
determined using three individual light microscopy images from different positions at the
surface at 500× magnification. More information about the method to determine the SDF
parameter can be found elsewhere [20].

3. Results

First, a coating series of ta-C, ta-C:N, and ta-C:B with nominal 1 μm thicknesses were
deposited on all substrates, using a Cr interlayer with about a 0.1 μm thickness. The
compilation in Figure 1 shows the surface topography of the different substrates in the
initial state and with a 1 μm ta-C coating. The PA12 and PEEK substrates are initially very
smooth. The coating creates a crack pattern on the soft PA12. This has no negative effect on
adhesion. With PEEK, on the other hand, the surface remains smooth. However, existing
scratches are intensified by the coating, which can be seen in the interference contrast. The
fiber-reinforced substrates are initially rougher, whereby the glass fibers in the soft PA12
matrix are not clearly visible. However, the fibers are significantly more pronounced due
to the coating and the deformation of the surface. In the case of fiber-reinforced PEEK,
the fibers are clearly visible on the surface. After coating the fibers are covered and their
visibility is reduced.

 

Figure 1. Microscopic images of the PA12, PA12-GF30, PEEK, and PEEK-CF30 uncoated (left), and
1 μm ta-C-coated (right) substrates in bright field (top) and with differential interference contrast
(DIC) filter (bottom).

A decisive parameter is the surface defect fraction (SDF), which provides information
on the extent to which the surface is covered with coating defects. These defects are
unavoidable in arc coating processes and result in unfavorable roughness on the surface,
which is associated with high wear in tribological contacts, especially on the counter body.
The SDF parameter is more sensitive for detecting the effects of coating defects on the
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tribological behavior than surface roughness parameters. However, it is very instructive to
compare the effect of the coating on both parameters.

As for the roughness parameter Sa, the steel surface showed very little change due
to the coatings (Figure 2 (top)). PA12, on the other hand, was initially rather smooth, but
showed a strong increase in Sa due to the coatings. The same applies to PA12-GF30, even if
its initial roughness was significantly greater than that of PA12. In contrast, the two PEEK
variants—similar to steel—did not show such strong changes in roughness as the PA12
variants. Here, the low roughness with the coating was retained, which was also the case
for the fiber-reinforced PEEK.

Figure 2. Arithmetic mean deviation Sa (top) and surface defect fraction (SDF) (bottom) for AISI
52100, PA12, PA12-GF30, PEEK, and PEEK-CF30 uncoated and coated with 1 μm ta-C, 1 μm ta-C:N,
and 1 μm ta-C:B.
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The SDF values (Figure 2 (bottom)) showed strong variations for the different coatings,
but the nature of the changes depending on the coating type was the same for all substrate
variants. This shows that the SDF parameter reacts very sensitively to coating-specific
surface defects, with the ta-C:B film having the lowest SDF in all coated cases. The SDFs of
ta-C and ta-C:N were very similar because the coating plasma is identical except for the N2
gas inlet. In the case of ta-C:B, there were far fewer defects. This is already known from
previous work [11], and therefore, this coating was favored over the other coating types.

The results of the basic characterization of these coatings are summarized in Table 3.
Due to the large difference in properties between the coatings and the plastic substrates,
it was not possible to determine any mechanical properties. Therefore, all values were
determined on the coatings deposited on AISI 52100 steel substrates.

Table 3. Measured coating properties *.

Coating
Thickness

[μm]
Hardness

[GPa]
E-Modulus

[GPa]
SDF
[%]

ta-C 1.2 ± 0.1 37.2 ± 0.6 408 ± 12 10.9 ± 0.4
ta-C:N 1.4 ± 0.1 26.8 ± 1.3 303 ± 23 10.7 ± 0.2
ta:C:B 0.9 ± 0.2 48.1 ± 1.7 567 ± 14 2.5 ± 0.2

* Coatings deposited on polished AISI 52100 steel substrates.

It should be noted that the hardness of the ta-C coating was rather moderate compared
to the common literature data for ta-C. This is due to the fact that no bias voltage was
used in the processes to accelerate the ions in the coating plasma, as is typically done. In
our case, the intrinsic kinetic ion energy of the carbon species in the plasma is crucial for
the formation of sp3 bonds, and hence, the hardness of ta-C. Consequently, the hardness
decreases in the case of ta-C:N because the energy of some coating particles was slowed
down by collisions with N2 molecules due to the gas inlet. In the case of ta-C:B, on the
other hand, the hardness increased compared to ta-C. This is presumably due to the fact
that during the evaporation of B-doped graphite in the arc process, higher particle energies
were present than in a pure carbon plasma. This is the subject of current investigations on
plasma particle energy distribution.

3.1. Wear Behavior of Different Coating Types

Using parameter set I in tribotesting (see Table 2), the wear behavior of coatings on
different substrates and the wear of uncoated steel-ball counter bodies were analyzed.
In these tests, the three coating types, ta-C, ta-C:N, and ta-C:B including the 0.1 μm Cr
interlayer (see Table 3), were investigated. The wear images are summarized in Table 4.

A volumetric determination of the wear abrasion from the coatings is not possible
with the plastic samples due to the significant deformation. Therefore, only a qualitative
assessment can be made here. However, it was possible to determine the counter-body
wear on the steel balls and the result is summarized in Figure 3.

Table 4. Optical images of wear tracks on the coatings and counter body (steel ball) on different
coatings after tribotests with set I.

Substrate
Coating

ta-C ta-C:N ta-C:B

AISI 52100
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Table 4. Cont.

Substrate
Coating

ta-C ta-C:N ta-C:B

PA12

   

PA12-GF30

   

PEEK

   

PEEK-CF30

   

 

Figure 3. Steel-ball counter-body wear measured after tribotests with set I.
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3.2. Influence of the Cr Interlayer on Wear Behavior

The investigations into the influence of the Cr interlayer were carried out with the
ta-C:B (1 μm) coating variant. A variant without a Cr layer, a variant with 0.1 μm Cr,
and a variant with 0.5 μm Cr were produced and tested in the tribometer. The tribotest
parameters were the same as before (set I) and wear images are summarized in Table 5.

Table 5. Optical images of wear tracks on the coatings and counter body (steel ball) on ta-C:B-coatings
with different interlayers after tribotests with set I.

Substrate
Coating

ta-C:B 0.1 μm Cr + ta-C:B 0.5 μm Cr + ta-C:B

AISI 52100

   

PA12

   

PA12-GF30

   

PEEK

   

PEEK-CF30

   

3.3. Wear Behavior under Long-Time Testing Conditions

In this series, using tribotest parameter set II, a reduced normal load but extended
testing time of 100 min was used (see Table 2). The aim of this series of tests was to make a
comparison between the coating variants under comparatively mild but application-related
load conditions. Due to the fact that, in previous investigations, the mating body wear on
the PA12 and PA12-GF30 substrates was rather high, these tests were limited to the PEEK
and PEEK-CF30 substrates (Table 6).
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Table 6. Optical images of wear tracks on coatings and counter body (steel ball) on selected coating–
substrate systems after tribotesting with parameter set II.

Substrate
Coating

0.1 μm Cr + ta-C 0.1 μm Cr + ta-C:N 0.1 μm Cr + ta-C:B 0.5 μm Cr + ta-C:B

AISI 52100

    

PEEK

    

PEEK-CF30

    

3.4. Comparison of the Load-Bearing Capacity

In this final tribotest, a comparison was made between a selected coated plastic variant
with an analogously coated steel substrate and uncoated plastic. The high standard load
of 10 N was again applied with the new parameter of set III, which, in contrast to set I,
consisted of a test duration of 60 min. In these tests, the characteristics of the friction
coefficients over the test duration were also examined.

The coating variant 0.1 μm Cr + 1 μm ta-C:N was selected as a suitable coating for this
test. Although this did not have the lowest counter-body wear (like ta-C:B), it proved to be
the most robust variant overall in the previous tests. The fact that no grooves or scratches
were observed in the coating of ta-C:N after the wear tests was also considered favorable.

It can be seen that the ta-C:N-coated substrates were at a much lower friction level
than the uncoated PEEK. This also shows damage that goes beyond abrasive wear removal.
The surface appeared heavily deformed in the area of the wear track. Even if the coating
wear was lowest on the steel substrate, the wear track of the ta-C:N on the PEEK substrate
appeared basically similar in appearance. The coating generally withstood the load, but
there were already coating breakthroughs in some areas. On one sample (see dashed arrow
in Figure 4), the coating penetration also manifested itself in a sudden increase in the
coefficient of friction.
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Figure 4. Comparison of friction coefficients (left) and coating/surface wear behavior between
ta-C:N-coated steel (black) and PEEK (blue) vs. an uncoated PEEK (red) sample (right).

4. Discussion

In order to interpret the results of the tribological measurements, it is first necessary to
consider the different mechanical contact situations of the various material pairings. The
large differences in the modulus of elasticity between AISI 52100 steel and the plastics
lead to very different Hertzian contact conditions. For example, the plastics have a much
larger contact area, but smaller contact stress at the same load compared to steel. In
order to analyze the stress distribution in terms of Hertz’s contact theory, the stresses
for all materials including a 1 μm thick ta-C topcoat were calculated using FilmDoctor
software (SIO® Saxonian Institute of Surface Mechanics, Ummanz, Germany, https://
siomec.com/software/filmdoctor-studio/, accessed on 12 September 2024) for the two
normal loads of 10 N (parameter sets I and III) and 1 N (set II). The calculations were based
on the assumption of purely elastic behavior of all materials. The parameters used for the
calculations were the characteristic values of the materials from Tables 1 and 3. The results
are shown as examples for steel, PEEK, and PEEK-CF30 in Figure 5.

 

Figure 5. Visualization of the calculated stress distribution of the normal stress σz for three different
substrate materials with 1 μm ta-C coating vs. steel ball with 1 N and 10 N normal load (a) and
distribution of σz at z = 0 in x-directions at 10 N normal load (b).

As expected, the results show large differences in the contact surfaces, the level of
compressive stress generated in the substrate by the ball indentation, and the different
spatial distributions of the stress in the substrate. In this way, it becomes clear why the track
widths of the coatings on the plastics in the wear tests are always wider than on the coated
AISI 52100 steel (≈500 μm vs. ≈150 μm). It is now also clear why the counter-body wear
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values (ball abrasion) with the same coatings were significantly higher with the plastics
than with steel (see Tables 4 and 5). With the softer substrates, the balls come into contact
with a larger area of the abrasive coating surface. It is important to take a closer look at the
special features of ta-C-based coatings deposited using arc technology: coatings deposited
using a vacuum arc-evaporation process always exhibit unavoidable growth defects due
to droplets or macroparticles, which are incorporated into the coating during deposition
and increasingly cause roughness peaks on the ta-C-based coatings as the coating thickness
increases. The SDF parameter (see Section 3) describes the phenomenon quantitatively. The
higher the SDF value, the more abrasive the coating. Two things need to be mentioned in
this context: (I) Due to the coating defects, the counter-body wear is initially very high.
However, this is primarily a running-in effect. (II) The roughness peaks do not only wear
the counter body. By breaking out some defects, a micro-abrasive material is generated,
and the coating also suffers wear. The ta-C:B coating is distinguished from the other two
coating types by a much lower SDF-value (see Table 3). This phenomenon, described in [14],
makes this coating variant more advantageous compared to the other two variants, ta-C
and ta-C:N, with high SDF values.

When looking at the results from Section 3.1, the comparison of the coating variants in
an initial tribo-screening test, the previously discussed points are particularly important
for the interpretation of the results. The counter-body wear is significantly less pronounced
with ta-C:B than with the other two coatings. This is particularly evident with the steel
variant, but also with PA12. Another noticeable aspect in Figure 4 is that the counter-body
wear is much higher for the plastics and especially for the two PA12 variants than for steel.
This is explained by the differences in the contact areas discussed above: the softer the
substrate, the larger the contact area and the greater the amount of wear particles the steel
ball is exposed to in the friction contact. Additionally, regarding the results in Section 3.1, it
should be noted that despite the comparatively high load, complete coating failure occurred
in only one case (ta-C on PA12). In most other cases of coated plastic substrates, the coatings
exhibited grooves, scratches, and cracks in addition to abrasive wear, but remained largely
intact. The ta-C:N coatings left the best impression, especially on PEEK and PEEK-CF30.
After the tribotest, these coatings were still largely intact and showed a relatively smooth
surface in the wear track. The behavior of the ta-C:N coating on the PEEK substrates was
still worse than on steel, but it came closest to steel in the appearance of the wear behavior.

To test the influence of the adhesion layer on the tribological performance, the ta-C:B
variant was selected due to its lowest coating roughness. The results presented in Section 3.2
show a differentiated picture. Basically, it can be initially said that with all adhesion layer
variants, including without a Cr adhesion layer, there appears to be good adhesion strength
of the coatings with one exception, the 0.5 μm thick Cr layer on the PEEK-CF30 substrate.
In terms of wear behavior, both for the counter body and the coating, the thick adhesion
layer (0.5 μm) shows a tendency to improve the tribological performance of the coated
plastics. This is attributed to an improved load-supporting effect of the now approximately
1.5 μm thick coating system compared to the other coatings (≈1 μm coating thickness).
However, the advantages are not too significant and, as mentioned, in one case, there was
also a failure with the 0.5 μm thick Cr adhesion layer.

The focus of the tribotests in the next step was to subject promising coating–substrate
combinations to significantly longer test durations under more application-oriented condi-
tions (lower load) with parameter set II (see Table 2). The results in Table 6 with the two
PEEK and four coating variants compared to the analogously coated steel show a very good
performance of the coatings. Overall, the wear of the counter body and the wear tracks in
the coatings were now more similar to the coated steel samples than in the previous tests
with the tribo-parameter set I. This is because, in these tests, the running-in process was
obviously completed and a more stable tribological situation had established itself, which
did not depend as much on the roughness and defects of the coating surface.

In the final tribotest, the overall most-promising plastic-coating system was compared
to an uncoated plastic and an analogously coated steel substrate under demanding testing
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conditions. The PEEK substrate selected for this, with a 1 μm thick ta-C coating, showed
similarly low friction values to the coated steel (see Section 3.4). However, it can be seen
that the system has reached the limits of its load capacity after the 60 min test. Initial
coating perforations indicated that the coating was about to fail, as can be seen in Figure 4.
The uncoated PEEK suffered serious damage in the tribotest. Presumably, incipient plastic
deformation coupled with abrasive wear could already be observed here.

Overall, it can be stated that the ta-C:N coating greatly improved the load-bearing
capacity of the PEEK. The tribological behavior of the system is very similar to that of
the ta-C:N-coated steel substrate, even if—as mentioned above—the service life is limited
under these harsh conditions.

5. Conclusions

In this article, it is shown that, contrary to expectations, superhard ta-C-based coatings
can be used as a tribological protective layer on soft-plastic substrates, even under unlu-
bricated conditions. The adhesion of all the coating variants examined on the four plastic
substrates was generally good, with no “eggshell effect” observed.

The ta-C, ta-C:N, and ta-C:B coatings showed similar tribological behavior, caused
by the relatively high coating roughness. In all cases, a pronounced running-in behavior
with high counter-body wear was observed. The ta-C:B coatings, with their naturally lower
defect density, were advantageous in terms of counter-body wear. The studies also revealed
that an adhesion-promoting interlayer of Cr is helpful in some cases (better load-supporting
effect), although the coatings also work on plastic substrates without a Cr adhesion layer.

Overall, the study concludes that the performance of plastic substrates can be signif-
icantly improved by hard or superhard coatings of ta-C, ta-C:N, and ta-C:B, even under
harsh tribological conditions, at least for relatively short testing times. Despite the extreme
hardness difference and the roughness of the coatings, the systems show promising tribo-
logical behaviors in air, coming quite close to that of an analogously coated steel substrate.

In future, there are several possibilities to improve the coating performance due to
reducing the defect density (through plasma filtering) and running-in layer concepts, i.e.,
graded soft top layers that are supposed to mitigate counter-body wear and thus improve
the running-in behavior.
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Abstract: Amorphous carbon coatings are widely used due to their beneficial friction and wear
characteristics. A detailed understanding of their behavior during running-in, apart from model
tribosystems, has yet to be obtained. Multiple analytical methods were used to detect the physical and
chemical changes in a ta-C coating and its thermally sprayed, metallic counterpart after a running-in
procedure with pin-on-disk experiments. Both coatings exhibited changes in their surface and near-
surface chemistry. The mechanisms in and on the metallic coating were identified to be a mixture
of the third-body type, with the formation of gradients in the microstructure and chemistry and an
additional carbon-rich tribofilm formation on top. The ta-C coating’s changes in chemistry with sp2

enrichment and lubricant element inclusions proved to be too complex to allocate them to tribofilm
or third-body formation.

Keywords: running-in; lubricated sliding; ultra-low wear; DLC; third body

1. Introduction

Even though amorphous carbon coatings are already advanced (e.g., DuroGlide from
Federal Mogul), the processes and mechanisms of the running-in are still largely not under-
stood. Research has focused strongly on the mechanisms of model systems like diamond
friction and wear behavior driven by amorphization and rehybridization to sp2 bonding [1].
Another important role is played by the surface passivation by hydroxyls under water lubri-
cation, which inhibits cold welding and thereby reduces friction [2–4]. Furthermore, recent
discoveries suggest similar mechanisms of passivation for glycerol-lubricated DLC–DLC
contacts [5] and a strong dependency between the lubricant chemistry and wear beahvior of
super hard ta-C coatings [6,7]. The wear of hard ta-C coatings on the asperity scale shows
a similar mechanism to that of the amorphization of diamonds [8,9]. Further studies with
advanced analytical methods into the wear mechanism of DLC lubricated with oleic acid
indicated the formation of graphene oxides on the surface [10]. Closest to the applications
outlined in this publication is those of a study focused on the interplay of ZDDP additives
with hard DLC coatings and the formation of tribofilms using XPS and TEM [11].

This is astonishing, as this knowledge represents a major lever for the application and
optimization of tribosystems. This article therefore deals with the running-in behavior of
amorphous carbon coatings in a lubricated tribological system with a metallic counter body.
It focuses on the tribochemical changes happening during running-in and tries to discuss
the prevalent mechanisms with regard to the well-known third-body model from Godet
and Berthier [12–14] and to the model of tribofilm formation on surfaces [15,16].

Tribological tests are often carried out with high loads and pressures in order to gener-
ate wear in a short time. Since the transferability of the results to practice is questionable,
samples generated under realistic boundary conditions were analyzed in this work that
were energetically similar to the real system, see [17]. Furthermore, no model systems were
used; instead, materials and lubricants with industrial applications were considered. This
work is expressly not intended as research related to combustion engine technology but as
a fundamental contribution to the friction- and wear-reducing use of amorphous carbon
coatings and thus to a general increase in the efficiency of industry.
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2. Tribological Measurements and Physico-Chemical Analysis

2.1. Tribometry

The tribological results performed in this study were generated from a highly modified
pin-on-disk tribometer (SST) from Tetra GmbH (Ilmenau, Germany). As the name suggests,
the tribological system consisted of a rotating disk and an eccentrically mounted cylindrical
pin. The disk was driven by a motor via a toothed belt at an angular speed ω, and the
pin was positioned radially and vertically by two stepper motors. A normal force FN was
applied by pretensioning a spring and, like the frictional force FR, was measured via a
multiaxis force sensor from ME Meßsysteme using strain gauges. Contact was continuously
supplied with oil heated to temperature ϑ via a circulating lubrication system. The oil
circuit was designed for use with radionuclide technology, which is described more in
detail in [18].

2.2. Topography Measurement

The topography of the samples used was recorded with a confocal white light interfer-
ometer (WLI) (Bruker ContourGT-K, Bruker Corp., Billerica, MA, USA). Two magnifications
(10× and 50×) were used to measure the surface. The former was used to determine shape
deviations, waviness, and line-based roughness parameters on an area of 5 × 5 mm2, and
the latter was used to determine the surface-related roughness on an area of 100 × 100 μm2.

2.3. Determination of the Chemical Composition near the Surface

X-ray photoelectron spectrometry (XPS) was carried out using a PHI 5000 Versaprobe
II (ULVAC-PHI, Chigasaki, Japan)). In combination with an argon ion beam, it was possible
to measure the element concentrations with depth resolution by ablating the surface step
by step and then recording the spectrum. The ablation rate was calibrated to 2 nm/min on
a Si-SiO2 reference sample. For sputtering the DLC samples, the same procedure was used
on a carbon coating on a silicon substrate reference sample provided by IWS. The removal
of the 56 nm thick coating, which was measured in advance using X-ray reflectometry
(XRR) at IWS, was carried out up to the SiC interface in 112 min. This corresponded to a
removal rate of 0.5 nm/min. The lateral measuring range of the XPS was limited to a circle
within a diameter of 200 μm. The photon energy of the Al-Kα X-ray source was 1486.7 eV,
and the energy resolution was 0.2 eV.

2.4. Elastoplastic Material Characterization

A Hysitron Triboindenter TI 950 (Bruker Corp., Billerica, MA, USA) was used for
elastoplastic material characterization. A cube corner was chosen as the tip, as this offered
the smallest opening angle and tip radius with a self-similar tip shape [19]. The indenter
and its tip were used as an AFM to image the surfaces of the sample and to position the
tip. The loading function for the quasistatic indents went up to 1 mN with a constant strain
rate and subsequent hold time to correct for creep. The area function of the tip is necessary
for converting the measured forces and displacements into stresses and strains and then
into modulus of elasticity and hardness. This requires the indentation area as a function
of the indentation depth. The standard method for this is the Oliver–Pharr method on
a test specimen with known and constant properties (usually quartz glass) [20]. A finer
determination of the area function is possible by means of self-imaging of the tip, as shown
by Saringer et al. [21]. For this purpose, a TGT1-AFM reference grating, which consisted of
sharp needles and thus enabled in situ imaging of the tip, was scanned. The cross-sectional
area was then calculated from the actual shape depending on the indentation depth [21].

2.5. Determination of Carbon Hybridization

Electron energy loss spectroscopy (EELS) makes use of the inelastic interaction of an
electron beam with the electrons in a sufficiently thin sample [22]. Inelastic scattering can
have several causes and accordingly occurs with different energy losses in the spectrum.
In the low-loss range, for example, these are plasmons, while at higher loss energies, the
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electrons of the inner shells are excited and lead to a clearly detectable ionization edge [23].
EELS is one of the oldest methods of DLC analysis and is based on the evaluation of the
carbon K-edge [24]. Here, the sp2 content is determined via the intensity ratio of the π∗ and
σ∗ states [25]. By considering the plasmon losses, relative changes in sample thickness are
corrected [26,27]. Due to the TEM preparation, no exact sp2 content of DLC coatings can
be determined using EELS, as this is systematically overestimated [25,27]. Nevertheless,
a semiquantitative statement and precise determination of sp2 gradients in carbon-based
materials is possible due to the high lateral resolution. An FEI Titan TEM (Thermo Fisher
Scientific, Waltham, MA, USA) equipped with a Gatan Imaging Energy Filter Tridiem model
865 HR was used for the EELS measurements. The titanium microscope was operated at
300 kV in STEM mode to minimize radiation damage.

2.6. Nanostructural Investigation

Transmission electron microscopy (TEM) and high-resolution TEM (HRTEM) are
powerful tools for investigating changes due to tribological loading [28]. In this work, both
were used to observe the DLC near-surface volume, as a higher resolution and a much
higher contrast than in an FIB cross-section in SEM are possible. The preparation of the
lamellae was carried out with Ga+-FIB, as the damage induced in the DLC caused by Ga+

is well documented in the literature [29,30]. The fast Fourier transform (FFT) of HRTEM
images enables an analysis of the near and far order, respectively, to separate them and
thus make crystal orientations recognizable [25,31].

2.7. Chemical and Physical Analysis

Raman spectroscopy is a nondestructive method for the chemical and physical analy-
ses of materials. It is widely used in the characterization of (amorphous) carbon coatings.
This measuring method is based on the eponymous Raman effect, in which light is inelasti-
cally scattered by molecules. This energy transfer can be quantified using the wavelength
shift of the scattered light. In the case of carbon, the D maximum at 1350 cm−1 and the G
maximum at (1580–1600) cm−1 were used. These two modes are mainly influenced by the
order of the sp2-hybridized regions. A derivation of the sp3 content of amorphous carbon
is only possible indirectly [32]. For this purpose, their intensity ratio and the position of the
G peak are used:

Γ =
I(D)

I(G)
(1)

In this study, the intensity ratio was calculated from the ratio of the heights of the
individual maxima. For this purpose, the measured Raman spectrum in the relevant range
was approximated with the sum of a Cauchy–Lorentz distribution for the D peak and a Breit–
Wigner–Fano line for the G peak using the least squares method [32]. The background
resulting from the fluorescence of the sample was removed via polynomial regression.
An inVia confocal microscope (Renishaw, Wotton-under-Edge, UK) with a laser wavelength
of 532 nm and 20 and 100× optical magnification was used. This resulted in a minimum
lateral resolution of 1 μm, with the theoretical value based on a numerical aperture (NA) of
0.9 and the Rayleigh criterion being 361 nm. As Raman spectroscopy is not surface-sensitive,
it was only used to characterize the carbon on the metallic counterpart. The surface
was mapped using a grid and classified according to the occurrence of the characteristic
carbon maxima.

3. Materials of the Tribosystem

3.1. Iron Spray Coating

Iron spray coating is a standard material for cylinder liners. This coating is applied to
aluminum crankcases in a series production process using arc wire spraying (TWA) of two
13Mn6 wires [33].
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The material for the tribometer tests was taken directly from an unhoned cylinder
liner. The separated strips were ground plane-parallel, and the 5 mm pins were created
from them using water jet cutting. Finishing was carried out in a cup grinding machine via
a process similar to honing. This meant that both the coating thickness and the roughness
were based on the honed cylinder bore. The Abbot parameters averaged over all samples
were Svk 819 ± 160, Sk 656 ± 236, and Spk (232 ± 49) nm. The edges of all pins were
rounded off manually due to possible burrs, which is why the actual diameter was 4.95 mm.
Subsequently, all pins were measured in the WLI, and samples with burrs in general, as well
as with waviness and shape deviations greater than 1 μm, were excluded in order to enable
reproducible, full-surface contact in the tribometer.

3.2. DLC

Coatings with different sp3 contents were deposited onto ground 100Cr6 disks using a
PVD vacuum process at the Fraunhofer IWS. The so-called LaserArc process, in which a
laser scans the graphite cathode and vaporizes the carbon, was used. A detailed description
of the coating procedure, including substrate preparation and machine parameters, can
be found in [34]. The plasma was filtered to reduce the particle implantation and thus
the defect density [35]. Despite filtering, the coatings exhibited a large number of growth
defects, especially within the investigated coating thickness range of (5.1–6.3)μm, mea-
sured in a calotte cut by IWS. These defects in turn led to the formation of a rough surface
dominated by spikes (firmly anchored) and droplets (weakly bonded). These surfaces were
not suitable for tribological use, which is why they had to be smoothed [36]. Two different
methods were used for this purpose. One was short-stroke honing using a diamond belt,
and the other was brush smoothing. The first method is also known as "superfinishing" and
uses high-frequency oscillation perpendicular to the feed direction of the belt and while
rotating. The resulting surface roughness is displayed in Table 1. This article focused on a
ta-C coating with a Young’s modulus of 523 GPa, a hardness of 50 GPa, and an sp3 content
of 66 %.

Table 1. Abbot–Firestone roughness values for the tested DLC coatings. Index a denotes coatings in
as-deposited state, g for ground state, and b brushed smoothed state.

Coating Svk Sk Svk

ta-Ca 97 70 245
ta-Cb1 263 365 145
ta-Cb2 14 14 11
ta-Cg 68 150 110

3.3. Lubricant

All experiments in this work were carried out with the same lubricant at an identical
temperature (80 ◦C). This was a fully additive engine oil of SAE viscosity class 0W20 from
Fuchs Petrolub. On the one hand, this oil contained zinc dialkyl dithiophosphate (ZnDTP),
which is a common additive for wear protection [16,37]. On the other hand, molybdenum
dithiocarbamate (MoDTC) was used as a typical friction modifier [38]. The elemental
composition of the oil was analyzed by ICP-OES.

4. Results and Discussion on the Differentiation between Third Body and Tribofilm

Based on the mechanisms of third body formation in metal-metal tribosystems, we
discussed whether DLC is subject to a comparable change in the running-in or whether
the tribochemical change is limited to a film structure. The behavior of the mating body
was also considered in the discussion, as part of the film or third body also remains on the
mating body when the contact is separated.
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4.1. Tribometry

All coatings were tested in the same manner, which means that at least three experi-
ments were conducted. The procedure included a preliminary test in which a parameter
field dictated by the Stribeck curve was defined. Starting with low contact pressure and
high velocity, followed by a decrease in velocity moving from hydrodynamic lubrication to
boundary lubrication, the load was increased until the maximum load of the pin-on-disk-
tribometer of 980 N was reached or the simultaneously measured wear rate went beyond
2 μm/h. From the initial experiment, so-called key stress levels were defined, which were
in turn used for the parameterization in a new experiment. The procedure itself as well as
the resulting coefficients of friction and wear rates are displayed and discussed in detail
in [17].

The results of the tribometrical testing of the differently smoothed ta-C coatings are
shown via Stribeck curves after running-in in Figure 1. To facilitate the comparison, all
CoFs are shown independent of the pseudo λ calculated from the Hersey parameter and
the resulting combined roughness Sq in the following manner:

λ∗ = ηv
pSq

. (2)

By doing so, the differences in the resulting roughness of the coatings and their coun-
terbody were omitted from the comparison of friction coefficients under mixed lubrication.
To give the reader an idea as to what happens during running-in, the results of the testing of
the ground ta-C coating, which had the lowest CoFs in the Stribeck curve, are displayed in
Figure 1 on the right. The test parameters were chosen in the same way as in the previously
cited publication, with an initial contact pressure of 52 MPa and a relative velocity 1 m/s.
Initial friction was high (CoF 0.9) and so were the linearized wear rates, which reached
values of up to 1.5 μm/h. Passing the key stress levels, the CoF decreased below 0.01 after
around twelve hours of stressing, and the pin wear rate stabilized below 10 nm/h.

0 0.005 0.01
0

0.025

0.05

0.075

0.1

0.125

λ∗

μ

ta-Cb1
ta-Cb2
ta-Cg

Figure 1. Stribeck curves acquired after running-in with coefficient of friction μ over pseudo λ (left)
and the running-in of the ta-Cg coating with CoF in green, measured wear from the pin in black, and
calculated wear rates in yellow (right).

All following investigations were carried out on specimens from the presented pin-on-
disk experiment for a concise and focused discussion.

4.2. Gradient Formation

For the 13Mn6 spray coating, the formation of a gradient in the microstructure below
the surface and its correlation with the wear rates were detected and are shown in Figure 2
on the left and are compared to those of the pristine material (right). The FIB cross-sections
were placed in parallel to both the grooves and on top inside a ridge line.
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Figure 2. Near-edge microstructure of the spray coating after running-in against ta-C on the (left)
and for comparison from an unworn, ground specimen on the (right).

The characteristics of near-surface microstructure are described in the literature [15,28].
A gradient formed in the grains from the microcrystalline structure above the bulk grains
(between the lower and middle area, horizontal line) to the nanocrystalline near-surface
region (above the upper line). This is in good agreement with the spray coatings that
were rubbed against a metallic counter body [39], grey cast iron against chromium plated
pins [40], and for steel–steel pairings under similar conditions [41]. This below-surface
structure does not always develop in the same way but is influenced by the hardness of the
DLC and its final processing with regard to grain size and the extent of the gradient.

The XP spectra and depth profiles (shown in Figure 3) were used to detect additive
components from the wear protection (zinc and phosphorus) and the friction modifier
(molybdenum and sulphur), which were present below the surface in decreasing concentra-
tions. This form of gradient suggests the formation of a third body of natural and artificial
material flow rather than an adsorbed film.
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Figure 3. XPS depth profiles from a 13Mn6-coated pin (left) after running-in against a ta-C
coating (right).

The search for gradients in amorphous carbon coatings was more difficult, as the
tribochemically altered near-edge volume was a maximum of 100 nm in thickness. For the
ta-C coating, the XPS indicated a tribochemical interaction only up to a depth of 20 nm.
However, the gradients in XPS depth profiles are only of limited significance for two
reasons. Firstly, they are superimposed by the sp3-rich CHx contamination of the surface.
Secondly, the information depth of the C1s photoelectron is just under ten nanometers.
However, this is not in the form of a uniform distribution but of a logarithmic decrease in
the exit probability with increasing depth [42]. Ten nanometers represents a limit with the
99 % information quantity, corresponding to 3σ of a normal distribution. As such, a thin
film (20 nm) cannot be separated from a gradient at all with XPS and C1s evaluation.

The results of the nanoindentation, plotted as Young’s modulus over height (ergo sam-
ple topography) in Figure 4a, must also be viewed critically, as the tip of the nanoindenter
measures the elastic interaction with the material underneath and around the indentation
surface, even at the smallest indentation depths. This means that the elastic modulus
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measured there, which is linearly related to the sp3 content, is not suitable for determin-
ing the shape of a tribochemically modified volume, especially as the average value of
(347 ± 17)GPa inside the wear track is not significantly different from the values outside
((340 ± 14)GPa) of it. The only difference can be found in the slopes of the linear regres-
sion for both datasets, which indicate a lower Young’s modulus on high points inside the
wear track.

a

−50 0 50 100
250

300

350

400

450

height in nm

Y
ou

ng
’s

M
od

ul
us

in
G
P
a

wear track
unworn

b

worn
20 nm

worn
200 nm

unworn

40

60

sp
2 -

co
nt

en
t

in
at
.%

Figure 4. Comparison of the Young’s moduli over measured topography height acquired on an
unworn area on a ta-C disk in orange and data from inside the wear track in green (a) and EELS-
measured sp2 contents on two lamellae prepared from the wear track with windowing in two different
depths and from an unworn area on the same DLC disk (b).

Although the results of the investigation using EELS in Figure 4b shows significant
differences in the sp2 content of the ta-C coating, in good agreement with the XPS, it is not
possible to make a statement about the gradients due to the windowing that occurred when
the lamella was scanned. Only the observations of the near-surface area using HRTEM
and bright-field TEM in Figure 5 provide information about its composition. The original
specimen surface is marked in both pictures with a white dashed line. Both lamellae
show platinum contamination to some extent, even though the lamella from the worn ta-C
sample was sputter-coated with gold beforehand. The lighter areas below the surface are
sharp-edged (indicated with black dashed line) in the manner of a film. At first glance, this
appears to be an argument in favor of the structure of a tribofilm.

In detail, however, there are inconsistencies with this model. With the surface showing
traces of plastic flow in the SEM image and the presence of a metallic calcium phase (a Ca-
L-edge was detected at 345 eV via EELS) below the surface, marked with the black dashed
line in the HRTEM image in Figure 6, it could be assumed that the near-surface zone formed
by mechanical mixing in frictional contact and thus was analogous to the formation of a
third body. Salinas Ruiz et al. came to a similar conclusion. They used HRTEM and EDX to
demonstrate the formation of a third body by incorporating the wear particles of the ta-C
coating and lubricant components, in particular sulphur and zinc [11]. A tribofilm would
form on the surface in the form of an adsorbent and would not allow the incorporation
of material under the surface. The formation of a tribofilm in the form of graphene oxide,
as demonstrated by Barros Bouchet et al. in [10], could not be demonstrated, as the ta-C
coating was amorphous up to the surface.
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Figure 5. HRTEM image of the ta-C lamellae from under the surface of the wear track on the (left)
and from an unworn area on the (right). The original surface is marked with a white dashed line.

Figure 6. Magnified acquisition of Figure 5 left, directly beneath the surface, with the FFT of an
amorphous area on the right and of an area with a long distance order (marked with the black dashed
line) on the lower left.

4.3. Material Transfer

A third body comprises the material flows from the first two bodies. Since the third
body remains on the two first bodies when the contact is released, material transferred
from the other first body should be present on their surface. On the 13Mn6 spray coat,
the detection of carbon transfer was not trivial, as this had to be separated from the lubricant
residues in the form of CHx contamination. The XPS shows a depth of approximately 5 nm
in all depth profiles, which was dominated by sp3-hybridized carbon. Below this, there was
generally a gradient in the carbon content. The results of Raman spectroscopy in Figure 7
show a film-like distribution of carbon, with local variations in the D- and G-peak intensity
ratio Γ and correlated G shift.

The average Γ value is 0.97± 0.05, with an average G shift of (1572± 1) cm−1. The local
variation in both values increased to an intensity ratio of 3.9 and a G shift of 1540 cm−1.
The average values indicated that the carbon film was between nanocrystalline graphite
and a-C with an sp2 content of 90 %, according to [43]. The deviating spots should be
treated with caution, since the deviations did not align with the visible geometry (patches,
holes, and grooves) even though the marker size in the scatter plot was scaled according to
the approximate laser spot diameter based on the airy disk calculated from the wavelength
and NA. Additionally, the values measured at those spots with low G shifts and high Γ
values do not match the data points from Ferrari and Robertson (neither for amorphous
carbon nor for hydrocarbons) [32,43].
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a b

Figure 7. Raman mapping of a 13Mn6 pin after running-in against ta-C with intensity ratio Γ (a) and
G shift (b). Values outside the limits were excluded.

On the DLC side, it was much easier to prove a transfer from the 13Mn6 spray coating
by measurement. As this coating consisted largely of iron, it should be possible to detect
iron on or in the DLC, be it in the form of oxides, carbides, or metallic iron. As all XPS
measurements showed, no transfer of iron in any form could be detected. This is therefore a
contradiction to the model concept of the third body, as this should consist of both internal
material inflows Qi as a natural third body.

5. Conclusions

In summary, it can be stated that tribochemical changes in near-surface volume cannot
simply be attributed to the phenomenon of the formation of a third body or the formation of
a tribofilm. For the metal side, there is evidence in the material that gradients develop in the
microstructure and in the chemistry, as is typical for third bodies in metallic tribosystems.
Furthermore, XPS, SEM, and Raman show that an additional carbonaceous tribofilm builds
up. The amorphous carbon coatings appear to participate only to a limited extent in the
formation of a third body. There is no transfer from the metallic counter body. However,
there is the incorporation of foreign material, plastic flow, and rehybridization of the carbon.
Thus, the tribological behavior of DLC–metal systems can neither be clearly assigned to the
path of run-in via the formation of a third body nor to the formation of a transfer film.

A further investigation of the near-surface volume in the DLC requires in-depth mea-
surements. The resolution of the possible sp2–sp3 gradient requires a smaller windowing in
the EELS measurement, which will, however, be accompanied by greater measurement un-
certainty. Furthermore, a qualification of the distribution of the tribochemical modification
using EDX on the same TEM lamella would be desirable.

Gaining a deeper understanding of tribofilm formation on iron spray coating requires
a similar approach. A three-dimensional mapping of the carbon hybridization state could
be acquired using Auger electron spectroscopy coupled with a sputter etching technique
that does not alter carbon bonding, like argon gas cluster ions.
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Abstract: In this study, premature damage in cylindrical roller bearings made of 100Cr6 (SAE 52100)
was investigated. For this purpose, full bearing tests were carried out using two different lubricant
formulations with similar viscosities. Published research has pointed out the occurrence of tribo-
chemical reactions that cause lubricant degradation and the release of hydrogen in tribo-contact.
Hydrogen content measurements were conducted on tested samples, and these measurements
showed dependence on the lubricant formulations. Hydrogen diffusion and trapping were identified
as significant factors influencing premature damage. The measurement of trapping energies was
conducted by thermal desorption spectroscopy, whereas residual stresses, which influence hydrogen
diffusion and accumulation, were measured using X-ray diffraction. The measured trapping energies
indicated that rolling contact caused the creation and release of hydrogen traps. Over-rolling resulted
in changes in residual stress profiles in the materials, demonstrated by changes in stress gradients.
These can be directly linked to subsurface hydrogen accumulation. Hence, it was possible to deter-
mine that the location of the microstructural damage (WEC) was correlated with the residual stress
profiles and the subsurface von Mises stress peaks.

Keywords: rolling bearings; hydrogen; residual stresses; trapping energies

1. Introduction

Rolling bearings are used in a wide range of applications ranging from their use in
miniature bearings to wind turbines. Premature failures manifested by white etching cracks
(WEC) have been identified in bearings of various sizes, applications, and service lives [1–3].
Premature failure is usually unpredictable, as it does not follow classical rolling-contact
fatigue (RCF) calculation methods, leading to costly and time-consuming downtimes
for maintenance.

WEC are characterized by wide networks of cracks associated with white crack flanks,
known as white etching areas (WEA), in the subsurface region of the raceways [4–6].
Previous studies have argued that WEA are a form of nanocrystalline BCC iron microstruc-
ture [7–9]. Under cyclic load, WEC usually propagate and progress to brittle flaking of the
surface of the components and a loss of functionality.

Various factors have been argued to be the root causes of this type of damage [10],
one of which is the choice of bearing material. The conventional and affordable rolling
bearing steel 100Cr6/SAE 52100 has shown poor resistance to WEC [11,12]. Literature
findings indicate that hydrogen diffusion into bearing steel affects early failures [13], which
is the focus of the present work. Hydrogen-assisted rolling-contact fatigue (HARCF) is
associated with the occurrence of white etching cracks in bearing components. Besides
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hydrogen, the combination of stresses and microstructural aspects [14,15] are found in
the literature to be correlated with the formation of WEC. Moreover, the research has
also suggested that a negative slide–roll ratio significantly influences the formation of
WEC [16]. It was demonstrated that a combination of mechanical stresses and accumulated
hydrogen in the microstructure is decisive in triggering HARCF [17,18]. Possible sources
of hydrogen in a bearing system may be water contamination of the lubricant [6,12],
as well as tribochemical reactions resulting in lubricant degradation and the eventual
release and increased accumulation of hydrogen [19], especially in the presence of certain
lubricant additives such as zinc dithiophosphate (ZDDP) and overbased calcium sulfonate
(OBCaSul) [20,21]. The passage of current through the bearing was also shown to trigger
the formation of WEC [22]. It should be noted that the damage cannot only be attributed to
hydrogen but also to the combination of load, overrolling, and plastic deformation [14]. The
formation of pores and newly formed grain boundaries in tested samples were associated
with the usage of specific lubricants [3,23].

The influencing factors affecting hydrogen accumulation in bearing steel are hence
important to investigate. These mainly include concentration gradients, stress gradients,
and residual stresses in the material [24–26]. Hydrogen trapping in steel may also con-
siderably affect the accumulation of hydrogen. In this study, RCF tests were carried out
using two lubricant mixtures. Consequently, residual stresses were measured using X-ray
diffraction analysis (XRD), and the hydrogen content and trapping energies were measured
using thermal desorption analysis (TDA) of the tested samples. The trapping energy was
measured to investigate the correlation between microstructural alterations and the ab-
sorbed hydrogen. Trapping energies can give insight into the type of hydrogen traps being
filled in the process of overrolling using two different lubricant formulations. A distinction
can also be made as to whether reversible (<35 kJ/mol) or irreversible traps (>35 kJ/mol)
are being occupied in the process. Free diffusing hydrogen only has around 10 kJ/mol.
Grain boundaries, martensite lath boundaries, and dislocations are considered reversible
traps, with trapping energies of up to 35 kJ/mol. Irreversible traps, such as vacancies,
titanium carbides, and MnS interfaces, act as traps, with higher trapping energies of more
than 50 kJ/mol [27–29]. Furthermore, the findings of this study will help in identifying the
influence of residual stresses and hydrogen trapping affecting HARCF.

2. Materials and Methods

2.1. Full Bearing Tests

In this study, axial cylindrical roller thrust bearings (CRTBs) were tested under flooded
oil lubrication [26]. For the bearing experiments, the test setup in Figure 1 was mounted on
a biaxial universal test rig. The measurement of normal force and torque is performed with
a Instron Dynacell load cell (±25 kN/100 Nm) and an Instron FastTrack 8800 controller,
monitored by LabView 6, with a storage frequency of 1 Hz. The tests were carried out at
700 rpm and 90 ◦C. In this study, two different lubrication mixtures were tested: a low
reference oil (low-ref), which is known to be associated with WEC damage, and a high
reference (high-ref) oil; both oils possess similar viscosity. The lubricants are comparable
to those in the Research Association for Drive Technology (FVA) reference oil catalogue
in terms of the FVA reference oil classifications. The low ref oil contains the additives
ZDDP and OBCaSul, and the high ref contains an FVA test additive, which prevents
premature failure.

The test rig is designed for testing type 81104-TV CRTBs made of 100Cr6/SAE 52100
steel, undergoing a hardened martensitic heat treatment. The surface hardness was found
to be 754 ± 9 (HV10) on the roller and 760 ± 9 (HV10) on the raceway. The roughness Ra
was measured using a stylus profilometer and was determined to be 0.04 ± 0.01 μm on the
roller and 0.09 ± 0.01 on the washer. The bearings have an inner diameter of 20 mm and an
outer diameter of 35 mm. Each bearing contains 13 rollers, 4.5 mm in length and diameter.
Due to the geometry of the bearing, a negative slip of ~0.16 occurs at the outer edge of the
roller and positive slip of ~0.16 at the inner edge. Three rollers were removed from the
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bearing cage before testing, leaving ten rollers in each tested bearing. Consequently, the
normal force is distributed over ten rollers only; the maximum Hertzian contact pressure is
1.7 GPa; and the C/P ratio, which is the ratio of dynamic load rating to dynamic equivalent
load, used to estimate the service life, is approximately 1.8. The viscosity ratio κ is 0.4.
These conditions lead to a predicted nominal lifetime of approximately 500 h [30]; hence,
premature damage (associated with WEC formation) is expected to occur under reasonable
test durations.

Figure 1. Temperature-controlled test setup for full bearing tests in oil bath: (a) rolling bearing,
(b) cup, filled with 20 mL of the oil, and the thermocouple inserted for temperature measurement,
(c) double-walled container for controlling the temperature of the oil at 90 ◦C, (d) load cell to measure
the normal force as well as the friction torque, (e) shaft to apply the rotation and normal load.

Test runs with increasing run times were carried out to study the difference in hydro-
gen accumulation and trapping using the two lubricant formulations. The tests were carried
out for 25 h (6.2 × 106 cycles on the rollers) and 50 h (12.4 × 106 cycles). Tests that did not
show signs of bearing damage or failure were extended up to 300 h (74.4 × 106 cycles).

2.2. Metallographic Investigations

The microstructural analysis was carried out on the cylinder rollers of the tested
bearings. For this purpose, three rollers per test duration were studied via sectioning
analysis, in which a cross-sectional analysis in increments of 0.3 to 0.5 mm, starting from
the outer edge with negative slip, were performed. The process is demonstrated in Figure 2.
The mirror-smooth surface was then etched with a solution of picric acid to reveal the grain
boundaries. Thus, not only the depth under the surface can be seen, but also the degree of
damage in different locations in the axial direction can be achieved. For this investigation,
three rollers per test duration were investigated, and both negative and positive slip zones
were identified and examined.
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Figure 2. Illustration of the metallographic investigations on the cylindrical rolling elements, starting
from the outer edge of the component.

2.3. X-ray Diffraction Analysis (XRD)

The residual stress profile is relevant for the accumulation of hydrogen because the
diffusion of hydrogen is driven by both concentration gradients and stress gradients (i.e.,
stress-assisted diffusion) [25,26].

The measurements were conducted using Xstress 3000, Type G2, from Stresstech
(Jyväskylä, Finland), using two linear detectors. The physical principle, on which the
X-ray residual stress measurement is based, is the diffraction of monochromatic X-rays on
crystal lattices. If X-rays of a certain wavelength λ hit a crystal lattice with a specific lattice
plane spacing D at a certain angle θ, constructive interference results, according to Bragg’s
equation [31].

n·λ = 2D· sin θ (1)

In the case of ferrite, this diffraction peak occurs at an angle of 156.4◦ for the (211) lattice
planes in a stress-free state with Cr-Kα1-radiation (λ = 2.2897 Å). A total of 14 measurements,
at 13 different tilt-angles between +45◦ and −45◦ in the rolling direction (0◦) and against
the rolling direction (90◦), were measured. Since the measured materials are usually not
available as single crystals, this relatively simple measuring principle becomes considerably
more complex when considering different crystal orientations measured simultaneously.
The measured X-ray peaks were then evaluated using the sin2 ψ method [32]. A Young’s
modulus of 211,000 MPa was taken as the reference.

The measurement was performed on the raceway. The residual stresses were deter-
mined to a depth of 200 μm under the contact surface and in finer increments directly
under the surface. The material removal was achieved via electrochemical etching using
a slightly modified KRISTALL 650 from QATM (Mammelzen, Germany), which ensures
minimal influence on residual stresses.

2.4. Thermal Desorption Analysis (TDA)

For measuring the accumulated hydrogen content in the bearing elements, thermal
desorption analysis was conducted using a Bruker G40 and a connected mass-spectrometer
by InProcess Instruments (Bremen, Germany). After the test, the bearing rollers were
instantly immersed in liquid nitrogen to decelerate hydrogen effusion. To make sure that
there was no residual layer oil or its additives on the surface, the surface of the sample was
slightly ground using 320 grit sanding paper directly after clearing it in ethanol and cleaned
with acetone afterwards. Then, the prepared sample was placed in the quartz tube, and the
measurement began. The sample was heated as fast as possible to a temperature of 800 ◦C,
and the effused hydrogen was measured with the mass spectrometer. The amount of
hydrogen was measured against a reference sample, and the calculated value was divided
by the sample weight to give the hydrogen content in the sample.

TDA was chosen as the analysis method because it also provides the opportunity to
obtain trapping energies [28,33]. To determine trapping energies, multiple measurements
with various heating rates must be acquired. Different heating rates result in a peak shift
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of the hydrogen signal, which can be used to determine a binding energy by calculating
the slope of the regression line of these data points, implemented in an Arrhenius plot.
Equation (1) was used to determine the trapping energy, as follows:

d ln
(

ϕ/T2
p

)
d
(
1/Tp

) = −EA
R

(2)

where ϕ represents the heating rate in K/s, Tp is the temperature at which the peak forms,
R is the ideal gas constant, and EA is the activation or binding energy of the corresponding
trapping site. Thus, multiplying the slope of the regression line with the ideal gas constant
yields the binding energy of the particular site. In this study, the heating rates of 20, 40,
and 80 K/min were used. Exemplary TDA measurement of one roller at a heating rate
of 20 K/min is showed in Figure 3. When plotting the intensity over the temperature, it
becomes clear that there is more than one peak to analyze. Through deconvolution of the
curve, three different peaks are identified [28,34]. The smoothed curve is approximated
with non-linear curve fitting according to Gaussian peaks, used because they achieved the
best fit to the curve. As seen in Figure 3, Peak 1 appears at about 400 ◦C, Peak 2 forms at
about 550 ◦C, and Peak 3 is the peak at the highest temperature of about 650 ◦C. Obviously,
the peak depends on the applied heating rate. The intensity can be calculated to a desorp-
tion rate through multiplication with the calibration factor, which was consistent at the
different measurements.
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Figure 3. Deconvolution of the hydrogen intensity curve measured on the mass spectrometer (left)
and the slope corresponding to the trapping energy of the different peaks (right).

3. Results

3.1. Experimental Results

The friction torque is shown in Figure 4. The friction torque was very consistent for
the ten tests using each lubricant; however, there is a difference noted for the running-in
behavior of the oils. The high-ref oil shows little to no running-in behavior, while a strong
running-in behavior was observed with the low-ref oil. This shows, by way of example,
that the mean value of the coefficient of friction converges to a very similar level. The
difference between the lubricants lies in the fact that there is a strong running-in behavior
with the low ref oil, which does not exist with the high ref oil.

Table 1 lists the test durations using both low ref and high ref oil. It should be noted
that the maximum achievable duration with the low ref oil was about 70 h. The longer tests
with high ref oil were initially stopped after 150 h; the tested samples did not reveal any
signs of visible microstructural alternations and hence, the test duration was adjusted to
300 h.
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Figure 4. Exemplary COF vs time curve for the two different tests, showing the difference in running-
in behavior between the lubricants.

Table 1. Tests completed, with the respective test duration and mean friction torque.

Number of
Tests

Duration Low
Ref Oil (h)

Friction Torque
(Nm)

Duration High
Ref Oil (h)

Friction Torque
(Nm)

3 10 h 0.73 ± 0.06 25 h 0.57 ± 0.02
3 25 h 0.63 ± 0.03 50 h 0.59 ± 0.03
3 50 h 0.56 ± 0.05 150 h 0.60 ± 0.03
3 ~70 h 0.58 ± 0.10 300 h 0.54 ± 0.03

3.2. Microsection of Rollers

In Figure 5, microsections of selected bearing rollers are shown after different testing
durations. The distance to the outer edge of the roller is shown (in mm) in the images
below. Independent of the runtime, at a distance of 0.5 mm from the outer edge, no damage
can be identified. With the low-ref oil, a slight subsurface damage can be found after just
25 h of runtime. At a 1 mm axial distance, the first signs of damage appeared 10 to 50 μm
below the surface after a test duration of 25 h. In contrast to these results, severe subsurface
damages occurred after a 50 h runtime. After 50 h, severe propagation of the material
cracks were observed in the subsurface region up to 200 μm under the surface. Also,
WEC was found in these samples, although there was no damage visible on the contact
surface. After approximately 70 h, the bearing rollers failed and showed severe flaking
damage on the surface. There were large areas exhibiting WEAs, which were surrounded
by long networks of cracks. At 1.5 mm to the outer edge of the roller, there were also some
subsurface cracks after only a 25 h runtime, with severe damage occurring in this region
after a longer runtime. After 70 h, the rollers showed flaking damage on the surface. Due
to the chipped off surface and subsurface region, the number of observed WECs and WEAs
was lower than that noted in the test at 50 h. However, subsurface damage was still found
in the damaged samples.

In contrast, there was no damage observed using the high ref. oil, as shown in Figure 6.
After 300 h, dark etching regions (DER) were observed in the cross-sectional cuts of the
rollers at a distance of 1.5 mm from the outer side of the rollers in the subsurface region,
which indicates classical rolling-contact fatigue.
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Figure 5. Cross-sectional cuts and metallographic examination of the rollers run with the low ref oil.

Figure 6. Cross-sectional cuts and metallographic examination of the rollers run with the high ref oil.

3.3. Residual Stress Measurements

The residual stresses were measured on the washers. The flat surface of the washer
ensures better repeatability of the measurements, which would be otherwise affected by the
crown of the roller (cylindrical rollers are actually manufactured with a slight camber that
is subject to manufacturing tolerances). Nevertheless, to ensure transferability of residual
stress results between the roller and washer, comparison measurements were carried out
on virgin samples, as shown in Figure 7. The stress profiles obtained from the washer and
the roller indicate very close results.

The residual stresses in the subsurface region were measured using gradually larger
depth increments. The residual stress profiles were similar in samples tested with both
oil formulations. Here, it is important to note that stress gradients (rather than stress
magnitudes) are decisive for hydrogen diffusion [26].

In Figure 8, the residual stress profile of the washer was measured in the virgin state,
as well as after 25 h and 50 h runtime, using the low-ref oil. In virgin samples, only
compressive stresses were measured. With increasing depth, the compressive residual
stresses decrease sharply; below 50 μm, the stress gradient decreases; however, stresses
remain compressive throughout the whole measurement range. The test samples showed
compressive stresses of approx. 600–700 MPa on the surface, compared to approx. 1100 MPa
in the virgin samples. The compressive stresses decrease as the depth increases, changing
to light compressive or even tensile stresses, with a peak at approx. 20 μm, below which
the stress decreases and reaches a plateau at approximately 50 μm.

72



Lubricants 2024, 12, 311

Figure 7. Comparison of the residual stresses of virgin bearing components.

Figure 8. Residual stress profile of tests using low ref oil after 25 h and 50 h, measured in the rolling
direction (left) and perpendicular to the rolling direction (right).

Figure 9 shows the residual stresses using the high ref oil. All samples tested for 25 h
and 50 h showed similar stress profiles, with compressive stresses on the surface. The stress
decreases sharply in the first micrometers of depth with a positive gradient, below which
the stress reaches a peak, and the slope becomes negative. For the sample tested for 25 h
using the high-ref oil, the peak in the residual stress profile is obvious.

Figure 9. Residual stress profile of tests using high ref oil after 25 h, 50 h, and 300 h, measured in the
rolling direction (left) and perpendicular to the rolling direction (right).
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After a test duration of 300 h, the formation of a classical fatigue zone, with com-
pressive residual stresses in the subsurface region, was observed. This is in line with the
findings in the microstructural analysis, where a dark etching region (DER) is formed after
300 h of testing.

3.4. Thermal Desorption Analysis
3.4.1. Hydrogen Content Measurement

The measurement of hydrogen content using the TDA (Figure 10) shows the difference
in the hydrogen accumulation in the bearing rollers using the different lubricants and
test durations. The test runs using low ref oil showed a higher hydrogen content in the
samples. The samples tested using high ref oil showed the maximum hydrogen content
of 0.6 ppm, reached after approximately 100 h. Longer test durations did not result in
higher hydrogen content in the samples. These runtimes were not even achieved with the
low-ref oil due to the occurrence of damage. After a 25 h runtime, a hydrogen content
over 0.6 ppm was measured, and after 50 h, an average of 0.8 ppm was measured in the
roller samples. A measurement showing very high hydrogen content was obtained from a
sample tested for 70 h with the low-ref oil; nevertheless, it was not shown on this graph.
The cross-sectional analysis of the 70 h test run showed a network of cracks that propagated
to the surface of the rollers. Thus, even after grinding the superficial area of the rollers,
some lubricant might have been trapped in deeper cracks, which would have affect the
measured hydrogen content.
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Figure 10. Hydrogen accumulation with different lubricants over the runtime.

3.4.2. Measurement of Trapping Energies

TDS measurements of trapping energies were carried out for three different rollers of
one bearing. The measured trapping energies are listed in Tables 2 and 3.

Table 2. Measured trapping energies using high ref oil, with coefficient of determination.

Peak 1 Peak 2 Peak 3

EB (kJ/mol) R2 EB (kJ/mol) R2 EB (kJ/mol) R2

Initial state 10.28 0.93 28.82 0.89 50.57 0.98
High ref oil 150 h 7.08 0.92 10.03 0.89 13.05 0.82
High ref oil 290 h 38.83 0.90 38.23 0.98 41.67 0.92
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Table 3. Measured trapping energies using low ref oil, with coefficient of determination.

Peak 1 Peak 2 Peak 3

EB (kJ/mol) R2 EB (kJ/mol) R2 EB (kJ/mol) R2

Initial state 10.28 0.93 28.82 0.89 50.57 0.98
Low ref oil 10 h 12.87 0.95 14.92 0.98 10.36 0.94
Low ref oil 10 h 17.59 0.97 47.65 0.98 43.99 0.95
Low ref oil 25 h 13.25 0.93 6.29 0.94 28.75 0.77
Low ref oil 25 h 6.28 0.92 25.54 0.99 34.58 0.98
Low ref oil 50 h 39.19 0.90 78.88 0.96 35.35 0.81
Low ref oil 50 h 14.39 0.78 13.81 0.77 24.09 0.85

In Table 2, it can be seen that after a 150 h runtime, the trapping energies of all three
peaks are quite consistent, at around 10 kJ/mol. After 290 h, the trapping energies of the
peaks are also consistent, at about 40 kJ/mol.

The trapping energies using the low ref oil vary widely, as shown in Table 3, and not
just in regards to the runtime; it is also clear that the number of the peaks does not yield a
consistent trend. Moreover, the smaller R2 with a longer runtime shows the wider variation
in the filled trapping sites. After a 50 h runtime, there was one particularly outstanding
trapping site showing a high trapping energy, in which almost 80 kJ/mol were measured.

4. Discussion

In this work, rolling-contact fatigue behavior was studied for CRTBs lubricated using
two different formulated lubricant mixtures (low ref and high ref). The metallographic
examinations indicated the formation of WEC in samples tested with the low ref oil after
25 h (Figure 5); crack propagation resulted in substantial subsurface damaged after 50 h.
Typical surface spalling was observed after around 70 h. In contrast, the samples tested with
the high ref oil did not show any signs of premature damage, even after 300 h (Figure 6);
signs of classical rolling contact fatigue, such as DER, were recorded.

Figure 7 shows almost identical residual stress profiles in the rollers and washers. To
ensure better repeatability, the residual stresses in the tested samples were measured on
the washers (refer to the explanation in Section 3.3). Moreover, the contact stresses, as well
as material composition and properties, are almost identical in both contact counterparts,
which ensures the transferability of the residual stress profiles between both components.

The measured residual stress profiles (refer to Figures 8 and 9) are in line with previous
measurements obtained by Voskamp et al. [35,36]. It is worth noting that cyclic rolling
contact changes the residual stress profile so that, just below the surface, a crest point is
formed, indicating a positive-to-negative change in the stress gradient. This zone would
act as an accumulation zone for hydrogen, as argued in Khader et al. [26,37], within
which hydrogen concentrations 150% to 175% higher than those in the bulk material were
computed [37]. WEC were observed at depths of 25 to 50 μm under the contact surface,
which coincide with this region of accumulated hydrogen [37]. Hence, it is believed that
the elevated hydrogen concentrations within the accumulation zone can be correlated with
the formation of WEC [38]. Although the residual stresses were measured in the washers,
the same profiles are expected to develop in the rollers. In 25 h and 50 h tests, the stress
profile shows a peak just below the surface, resulting in a change in the stress gradient
from positive to negative. The stress profile of the 300 h test also showed similar behavior,
with higher compressive stresses below the surface. The difference in residual stresses
using different oil formulations is attributed to the running-in behavior (Figure 4), which is
mainly influenced by the oil additives.

Figure 11 shows the measured residual stress profile of the high ref oil after 25 h,
measured in rolling direction, with a crest point in the tensile stress region. The graph also
shows the von Mises stresses developed due to contact. The von Mises stress was extracted
from a finite element model developed elsewhere [37]. The region marked by the ellipse in
the figure indicates the zone of WEC formation in the first 25 h of the test time (with low ref
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oil). The subsurface hydrogen accumulation is believed to detrimentally affect the integrity
of steel by means of hydrogen enhanced decohesion (HEDE) [39]. This processes [39,40]
and the overlapped mechanical stresses (as indicated by the peak von Mises equivalent
stress) is therefore believed to lead to the initiation of cracks in the subsurface region.
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Figure 11. Overlap of gradient in residual stresses, with high von Mises stress relative to the observed
WEC damage.

It is also worth mentioning that the damage predominantly occurred on the outer
edge of the roller. It is assumed that slip in the rolling contact leads to the removal of the
tribo-chemical layer, thus rendering the surface more susceptible to hydrogen diffusion.
The nascent metal surface is more susceptible to the adsorption of hydrogen, which then
gets absorbed by the bulk material [41,42]. It is known that higher slip can be associated
with the occurrence of WEC damage [16].

The measured trapping energies (Tables 2 and 3) indicate the saturation of some sites
and the creation of new ones. There are clear differences in the trapping energies, and the
energies are more consistent in the tests using the high ref oil. With the high ref oil, it seems
that hydrogen initially becomes more diffusible in the lattice due to over-rolling, as seen in
Table 2. In the 150 h test, all three peaks were very close to each other at around 10 kJ/mol.
After 290 h, the trapping energy is also consistent at approx. 40 kJ/mol, which may indicate
saturation, revealing the formation of DER, which is associated with very high dislocation
density [43]. The measured trapping energies did not show a clear trend for samples tested
with the low ref oil (Table 3). This may be attributed to the unevenly distributed subsurface
damage in steel, which is a reflection of a different localized load at the microscopic
level. The literature findings for similar types of steels indicate that the lower energy
traps (around 10 kJ/mol) are associated with interstitial sites or carbides, e.g., (Fe, Cr,
Mo)2C. Trapping sites of around 28–40 kJ/mol indicate dislocations, grain boundaries, or
martensitic laths [29,44]. Higher energy traps would be considered irreversible traps [34,44].
Very high binding energy sites (similar to those in the test using low ref oil for 50 h) are
assumed to be strained Fe3C interfaces or an interface between α-phase and an MnS
inclusion [29]. It is thus believed that more data are needed to be able to achieve a trend of
trapping energies.

5. Conclusions

The following points summarize the work:

• The tests showed that a running-in behavior occurs using the low ref oil, and practically
no running-in occurs using the high ref oil due to different additive mixtures.
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• In the metallographic cuts, it was observed that the initiation of the damage begins
at a depth of approximately 25 to 50 μm; cyclic rolling contacts result in damage
accumulation and crack propagation.

• The hydrogen content measured in the rollers was higher for the low ref oil when
compared to the high ref oil, which indicates that a higher hydrogen content and WEC
damage are correlated.

• The trapping energies showed that the trapping sites with higher trapping energy
become occupied after a longer runtime; it is assumed that at first the lower energy
traps corresponding to dislocations, and subsequently, after 50 h, the high energy traps
are occupied by hydrogen atoms.

• The residual stresses ranged from compressive stresses on the surface of the washers, to
slight tensile stresses at depths of 20 to 50 μm, to lower tensile stresses at greater depths.

The correlation of the elevated hydrogen content, the measured residual stress, the
observed failure due to subsurface cracks, and the subsequent spalling of the surface of the
roller indicate that the emerging profile of residual stresses, in combination with the high
von Mises stresses, play a significant role in the damage evolution of the WEC. Slip also
has some effect, leading to damage occurring mainly on the outer edge of the rollers.
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Abstract: To meet the demand for energy-efficient and, at the same time, durable, functional compo-
nents, the improvement of tribological behavior is playing an increasingly important role. One ap-
proach to reducing friction in lubricated tribological systems is the microtexturing of the surfaces
tailored to the application, but in most cases, this leads to increased manufacturing costs and thus
often makes their use in industry more difficult. In this work, we, therefore, present an approach for
an efficient design and fully integrated production process using a cam tappet as an example. For the
used cam tappet contact, we first determined the optimal texture geometries using two differently
complex EHL (elastohydrodynamic lubrication) simulation models. Based on these, textured tappets
were manufactured in a combined manner using sheet-bulk metal-forming and deposition with a
diamond-like-carbon (DLC) coating for additional wear protection without further post-processing
of the coating. We show that the simulation approach used has a rather subordinate influence on the
optimization result. The combined forming of components with textured surfaces is limited by the
local material flow, the resulting texture distortion, and tool wear. However, a targeted process design
can help to exploit the potential of single-stage forming. The applied DLC coating has good adhesion
and can completely prevent wear in subsequent reciprocal pin-on-disc tests, while the friction in
the run-in behavior is initially higher due to the soothing effects of the coating. The experiments
also show a tendency for shallow textures to exhibit lower friction compared to deeper ones, which
corresponds to the expectations from the simulation.

Keywords: EHL simulation; microtextured surfaces; optimization; micro-coining; sheet metal;
DLC-coating

1. Introduction

To enable the transition to a sustainable industry, tribological improvements will
play an increasingly important role in the future. A reduction in friction and wear is
directly linked to greater efficiency and material savings and thus leads to lower energy
losses, material waste and air pollution. According to Ciulli [1], this goal is currently being
increasingly pursued by various tribological research areas. Holmberg and Edemir [2]
quantified the share of energy consumption due to friction and wear at around 23% of
global energy consumption, although there is still considerable long-term savings potential
here. There are various technical approaches to improving tribological contacts, such as the
development of better and more sustainable lubricants [3], adapting the materials used [4],
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or the surface treatment of components, for example, using amorphous carbon coatings
(DLC-coatings) [5].

Another approach is the defined microtexturing of the surfaces. In addition to other
positive effects, such as the inclusion of wear particles [6], this can achieve improved
frictional behavior in hydrodynamic contacts (HD) [7] and elastohydrodynamic contacts
(EHL). In the latter case, texturing can be used to technical advantage, for example, in
cam tappet contacts [8], in gear contacts [9], or in the field of medical technology for
knee [10] or hip implants [11]. However, since the exact shape and arrangement of the
textures are decisive for the resulting friction behavior and, in the worst case, an unsuitable
texture leads to a deterioration of the tribological behavior [12], a design tailored for the
application is absolutely necessary. As the experimental determination of optimal textures
is very time-consuming, simulation-based approaches have become increasingly popular
in recent decades. For HD contacts, a good summary of the models is presented in [13],
while Marian et al. [14] provided a comprehensive overview of EHL contacts. Some works
already deal with the numerical design of the texture geometry itself [15].

In addition to the tailored design of the textures, it must also be ensured that they
can be applied to the surfaces easily and economically. Common methods include laser
texturing [16], micro-coining [17], or micromachining [18]. An overview of recent ap-
proaches is compiled in Costa and Hutchings [19], for example. To address sustainability
aspirations, resource-efficient manufacturing processes are shifting to the focus of scientific
research. Due to the high material utilization and good economic efficiency achieved
through short cycle times, metal-forming processes are particularly suitable for the pro-
duction of microtextured components [20]. Besides the extrusion of filigree functional
elements, metal-forming processes are also suitable for imprinting microscopic surface
textures [21]. In addition to the near-net-shape production of the component geometry, it is
also possible to positively influence the mechanical properties of the workpiece during the
forming process [22]. In this context, the combined cup-backward extrusion in conjunction
with the micro-coining of lubrication pockets for the production of textured tappets was
investigated [23]. The focus was on tribological influences on the accuracy of the microtex-
tured components. It was found that the radial material flow in the area of the textured flat
surface of the tappet leads to pronounced flank angles in the microtextures, which reduces
the manufacturing accuracy.

Especially in relation to the counterbody, textured surfaces can help reduce wear in
the system [24]. However, the textures themselves can also wear out quickly [25], which
means that the positive effects are increasingly canceled out over time. A possible approach
would be to additionally apply a tribological coating to the textured surfaces. For example,
there has been work done with MoS2 coatings on steel substrates [26], TiN and DLC on
silicon [27], and DLC on copper and steel [28]. Texturing cemented carbides using a DLC
layer also demonstrated improved adhesion of the coating to the substrate [29]. However,
most of the aforementioned works examine the underlying mechanisms and do not make
any application reference to real machine elements.

As part of our work, we have set the goal of considering the complete process for
the selected example of a cam tappet contact, starting from the numerical design of the
microtextures through integrated production to the subsequent DLC-coating and testing.
On the numerical side, we have investigated for the first time how the simplification of
such a simulation model affects the result of the optimization. Another new feature is
the integrated production of the tappets and their subsequent coating without further
post-processing. In doing so, we examined both the production aspects and the tribological
behavior of the resulting textures in the model contact.

The cam tappet contact was selected because it represents an already well-understood
and frequently investigated application [8] and has high production requirements. Based on
the existing contact conditions, suitable textures are first determined using two numerical
models of varying complexity. These textures, as well as textures that are rather unsuitable
from a numerical point of view, are then produced in a combined cam tappet process.
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The aim is to identify process limitations of the production of textured components used
in different applications. For this purpose, a single-stage process sequence consisting of
deep-drawing, ironing and micro-coining is designed. This sequence is used to identify and
evaluate influencing variables on the component and process. Experimental and numerical
test plans are used to investigate the influence of texture geometry and process control
on the dimensional accuracy of the coined component surface. Geometric analyses using
profile measurements of the textures provide the basis for researching the forming limits.
Possible limitations are distortions of the individual texture indentations and shifts in the
texture pattern. In addition, measures to extend the process limits are discussed. On this
basis, generally, valid design guidelines for single-stage texturing processes are derived.
The formed parts are furthermore coated with a DLC-coating using a combined physical
vapor deposition (PVD) and plasma enhanced chemical vapor deposition (PECVD) process
without subsequent finishing of the surface. DLC-coating systems are often used to reduce
friction or wear in contrast to steel–steel contact. Model tests on a ball-on-disc tribometer
are then used to analyze the potential of the investigated procedure, both in terms of the
numerical design and the resulting tribological behavior of the system. In addition, the
component and tool-side application behavior, which plays a decisive role in efficient
manufacturing in large-scale production, is evaluated from a manufacturing point of view.

2. Materials and Methods

2.1. Application and Contact Conditions

The cam tappet contact was selected as an application example because it involves
complex and widely varying contact conditions with a high proportion of sliding, and
the contact has already been well investigated in preliminary work [30]. In addition, the
topic might become more relevant in the coming years since even more efficient internal
combustion engines [31] or engines with alternative fuels [32] could be required as a
transitional solution.

The contact conditions occurring in the cam tappet contact are typically very dynamic
and change significantly with changing engine speeds and over the cam angle. For this
reason, the simplified 2D simulations were carried out at six selected load cases to de-
termine the influence on the optimum textures. The dynamic contact conditions were
assumed as in [33] and are summarized in more detail in [34]. The cam geometry is based
on profilometric measurements of a BMW K48 camshaft. The selection of the material,
geometry, and lubricant was based on the industrial standards. The constant material and
fluid parameters used for the simulation are summarized in Table 1, while the varying
contact conditions are shown in Table 2.

Table 1. Constant material and fluid parameters of the cam tappet contact used in the simulation.

Lubricant FVA 3

Base density ρ0 805 kg/m3

Base viscosity η0 0.03 Pa · s
Pressure viscosity coefficient αη 1.31 · 10−8 Pa−1

Critical shear stress Gc 6 MPa
Second plateau viscosity η∞ 0.2 · η0

Carreau parameter ac 2.2
Carreau parameter nc 0.8
Oil temperature toil 70 ◦C

Cam material 100Cr6/1.3505
Cam geometry Based on BMW K48 camshaft

Young’s modulus of the cam Ec 209 GPa
Poisson’s ratio of the cam νc 0.3

Tappet material 16MnCr5/1.7131
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Table 1. Cont.

Lubricant FVA 3

Young’s modulus of the tappet Et 216 GPa
Poisson’s ratio of the tappet νt 0.3

Coefficient of friction for boundary friction μ 0.1
Combined surface roughness σc 0.1 μm

Table 2. Contact conditions at load cases (a)–(f) as a function of cam angle ϕ and camshaft speed
ncam. based on the reference cam BMW K48.

Parameter Cam Tip Contact (ϕ = 0◦) Cam Flank Contact (ϕ = −45◦)

Camshaft Speed ncam 500 rpm (a) 1000 rpm (b) 2000 rpm (c) 500 rpm (d) 1000 rpm (e) 2000 rpm (f)

Normal force FN 365 N 347 N 279 N 214 N 221 N 250 N
Mean entrainment speed um 0.46 m/s 0.92 m/s 1.84 m/s 0.88 m/s 1.76 m/s 3.51 m/s

Contact line speed u1 −0.13 m/s −0.26 m/s −0.52 m/s 1.32 m/s 2.64 m/s 5.27 m/s
Rolling speed u2 1.05 m/s 2.10 m/s 4.20 m/s 0.44 m/s 0.88 m/s 1.76 m/s

Cam radius R 2.36 mm 2.36 mm 2.36 mm 25.1 mm 25.1 mm 25.1 mm

For the comparative full 3D simulation, only the cam tip contact at 500 rpm was
considered. The load case was selected because the greatest influence of the cam edges is
to be expected there with the minimum lubrication gap height and the most solid friction,
which cannot be considered in the 2D simulation.

2.2. Numerical Modeling and Optimization Approach

The contact problem was modeled for both simulation approaches using the full
system finite element approach, according to Habchi [35], with implementation in the
commercial finite element software Comsol Multiphysics (Version 6.1). The calculation is
dimensionless, whereby all variables are normalized to the variables of the dry herzian
line contact [36] pHertz and bHertz as well as the fluid properties in the reference state ρ0
and η0. The elasticity problem is solved in a coupled system of equations together with the
hydrodynamics. On the mechanical side, the linear elasticity equations already available
in Comsol

∇ · σ = 0, with σ = C · ε (1)

are solved on the contact area Ωc, whereby the displacement boundary condition δ(x, y, z, t) = 0
is defined on the side of the area facing away from the contact. The pressure distribution re-
sulting from the force equilibrium with the hydrodynamics is applied as the load boundary
condition with the total load∫

Ωc
Ptot(X, Y, T)dΩc =

∫
Ωc

P(X, Y, T) + Psolid(X, Y, T)dΩc (2)

The hydrodynamics in the lubrication gap are described by the Reynolds equation [37]
adapted by Tan [38] and are calculated in dimensionless form

∇ ·
(

H3

ψ

ρ

η
∇P

)
− ∂(ρH)

∂X
− ∂(ρH)

∂T
= 0 with ψ =

12μ0umR2

b3
Hertz pHertz

, (3)

whereby at the edges of the calculation area the boundary condition

p = 0,
∂p
∂x

= 0,
∂p
∂y

= 0 (4)

applies. Here, the density is modeled pressure-dependently according to the model of
Dowson and Higginson [39], and the viscosity is described according to the Roelands
model [40], whereby the non-Newtonian fluid properties are considered according to the
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Carreau model [41] modified by Bair [42] in accordance with the fluid parameters from
Table 1. Cavitation in contact is modeled with mass conservation according to the model
by Marian et al. [43]. Since the mixed lubrication in the investigated contact cannot be
neglected, a stochastic approach (cf. [44]) is used to divide the contact pressure into a
hydrodynamic pressure P and a solid contact pressure Psolid as shown in Equation (2). The
flow factor method developed by Patir and Cheng [45] corrects the pressure distribution in
the Reynolds equation depending on the direction of the surface topography.

Since the highly dynamic contact conditions do not allow a truly transient simulation
of a cam rotation, the texture variants are simulated in a quasi-static simulation. Here, the
load cases described in Table 2 are initially calculated stationary, and then the textures,
which are applied to the flat surface of the tappet and numerically coupled with its speed
through the contact point, run through the calculation area as a function of time. The
discrete microtextures are modeled via the lubrication gap height equation as a function
S (x, y, t). In the 2D model, the gap equation in dimensionless form is given by

H(X, T) = H0(T) +
X2

2
+ δ(X, T) + S(X, T) (5)

and, in the case of the 3D model, expands in the Y direction to

H(X, Y, T) = H0(T) +
X2

2
+ Eg(Y) + δ(X, Y, T) + S(X, Y, T). (6)

Here, δ describes the elastic deformation of the surface, and in the 3D model, the edge
geometry in the scaled calculation area is defined by Eg(Y), which is described in more
detail based on the concept of Winkler et al. [46] for the Cam tappet contact in [34]. For
numerical reasons, the textures themselves are described as Gaussian pulses, whereby
the texture amplitude A, the texture width wx and the texture distance dx are defined as
parameters. In the 3D model, the distance in the Y direction dy and its length wy are also
added, whereby a more detailed description of the modeling can be found in [47].

The objective of the optimization is to minimize the average total friction at the
individual load points; the mathematical optimization problem is thus given by

min
∫ tmax

0
FR(A, wx, dx, t)dt · 1

tmax
. (7)

The frictional force, which depends on the parameters A, wx and dx is divided into
a solid component and a fluid friction component according to Equation (2) and is time-
dependent, as described by

FR(t) = FR,fluid(t) + FR,solid(t) =
∫

Ωc
η · .

γ(x, y, t)dΩc +
∫

Ωc
μ · psolid(x, y, t)dΩc. (8)

The parameters of the simulated textures were defined using a Latin hypercube
sampling (LHS) experimental design in Python, whereby 40 test points were used for
the cam tip contact and 50 for the flank contact. The parameters were determined based
on work [30] on the same cam tappet contact. Due to the wider contact area, a larger
parameter space was chosen for the cam flank contact. The parameter spaces for both cases
are summarized in Table 3.
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Table 3. Parameter space of the LHS experimental design used in the simulation.

Parameter Cam Tip Contact (ϕ = 0◦) Cam Flank Contact (ϕ = −45◦)

Texture amplitude A 0 μm–4 μm 0 μm–15 μm
Texture distance dx 10 μm–120 μm 10 μm–200 μm

Texture width wx 10 μm–80 μm 10 μm–200 μm
Texture distance dy (3D) 1500 μm -

Texture length wy (3D) 2000 μm -

The results of the LHS were then processed using regression according to the Gaussian
method [48] AI-based with the Python library scikit-learn (version 1.3.0) to determine the
numerical optimum in the parameter space. Three-quarters of the test points were used
for training the Gaussian progress regression (GPR) model, and the remaining simulations
were used to validate the model. The prediction quality was evaluated using the coefficient
of determination (CoD). The computational effort for the identical test plan in both models
initially examined was very different. The 2D model had a computing time of approx. 4 h,
while the 3D full model was significantly more computationally intensive at almost 16 days.
For this reason and due to the very similar tendency of the results, the simplified model
was used for all further simulations.

2.3. Combined Manufacturing Process

In the studies presented in this paper, the chromium-manganese alloyed case-hardening
steel 1.7131 in the initial sheet thickness of 2.4 mm was used as a reference material. The
steel was characterized by a low carbon alloy content of a maximum of 0.19% and a dual-
phase structure of martensite and ferrite. The production of the tappet with the required
microscopic texture geometry was realized using the tool setup shown in Figure 1. This
enables the three required process steps, deep drawing, ironing, and cam tappet, to be
combined in a single press stroke. The punch was positioned in the upper tool holder and
transferred the pressing force to the workpiece. A hole in the extractor allows the punch to
be inserted into it. To ensure high positioning accuracy, the die plates were connected with
column guides. The forces from the reinforced die were transferred to the press table via
the lower tool holder.

Figure 1. Tool setup of the combined forming process for the manufacturing of microtextured
cam tappets.

The cam tappet was implemented using a structured coining cylinder, which was
provided with the negative geometry of the subsequent indentations on the component
surface. The structuring of the tool for the forming tests was carried out on an erosion
machine (SX-200-HBM EDM system, Sarix SA, Sant’Antonino, Switzerland). This works
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according to the principle of spark erosion, in which a pulsed electrical high-frequency
discharge is introduced into the workpiece by a tungsten electrode [49]. Small amounts
of material particles are thereby released from the workpiece. During the discharge, a
dielectric fluid flows around the engaged electrode. Its tasks are the control of the discharge
pulsation, the absorption of heat, and the removal of dissolved particles [50].

Due to the rear turning of the deep drawing punch, the manufactured component did
not adhere to the die during the subsequent return stroke. The textured cup was released
from the punch at the extraction device. The corresponding process kinematics for the
single-stage forming is shown in Figure 2.

Figure 2. Process kinematics for the single-stage forming.

The single-stage process of kinematics comprises three steps: deep-drawing, ironing
and micro-coining. Initially, the float-mounted punch contacts the oiled steel blank. Due to
the drawing ratio of 1.5, no blank holder is required, which reduces tool complexity and
enables the use of a single-acting press. As the process continues, the conical die leads to a
uniformly reduced wall thickness and the desired cup height of the workpiece. Finally, the
workpiece is compressed between the punch and the coining cylinder, whereby microstruc-
tures are embossed into the base surface. The ram retraction releases the component, which
is then removed from the punch by the removal device, preventing renewed contact with
the tool textures.

Texture patterns were selected for production that are interesting from a production
engineering point of view on the one hand and, on the other hand, also fall within a range
that can be considered rather favorable in terms of simulation (variants T_l1 and R_g). At
the same time, unfavorable variants (T_g, T_l2 and R_l) were deliberately selected. The
texture patterns labeled R were executed as concentric line textures arranged to the center
of the tappet, while the textures labeled T represent discrete textures. On the one hand,
global texture patterns were produced, which should be identical across the entire tappet
(labeled g for global). In addition, different local textures were created (labeled l for local).
The idea of local optimization is because optimal textures can be defined in the areas of the
cam tip and cam flank contact.

2.4. Amorphous Carbon Coating

After the tappets were microtextured, the DLC-coating was applied without further
post-treatment to test the feasibility of the coating on the microtextured surface and to
identify the effect on the tribological behavior. Prior to deposition, the tappets were
cleaned ultrasonically in acetone and isopropanol for 10 min each and afterward blown
dry with nitrogen. An industrial-scale PVD deposition unit (TT 300 K4, H-O-T Härte- und
Oberflächentechnik GmbH & Co. KG, Nuremberg, Germany) was utilized for coating
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fabrication. The DLC-coating was deposited under 2-fold substrate rotation on the tappets’
microtextured surface using a combined PVD/PECVD process. Prior to the coating process
itself, the deposition chamber was evacuated to high vacuum conditions with an initial
pressure of 5.0 × 10−3 Pa and then heated to 250 ◦C for 40 min. Afterward, the tappet’s
surface was (Ar+) ion plasma etched for 40 min with an argon gas flow (Ar purity 99.999%)
of 500 sccm and a bipolar pulsed bias voltage of −500 V (pulse frequency 40 kHz, reverse
recovery time 5 μs). The same cleaning process was carried out for the Cr and WC target
(both a purity of 99.9%) with a dimension of 267.5 × 170 mm and closed shutters for
3 min to remove impurities from the target. The coating architecture consisted of a thin Cr
adhesion layer, a graded CrWC intermediate layer and a WC support layer, which were
deposited by PVD using unbalanced magnetron sputtering (UBM) in an Ar atmosphere.
The relevant deposition parameters are listed in Table 4. Subsequently, the functional layer
of hydrogen-doped amorphous carbon (a-C:H) was deposited in a PECVD process utilizing
a mixed acetylene-Ar (C2H2-Ar) plasma at 220 and 40 sccm, respectively, a bias voltage of
−450 V, a chamber temperature of 100 ◦C and a substrate rotation speed of 3 rpm for 8580 s
deposition time.

Table 4. Relevant deposition parameters for the DLC-coating without the functional layer.

Layer Power
Pulse

Frequency

Reverse
Recovery

Time
Duration

Chamber
Temperature

Bias
Voltage

Ar
Flow

Cr 5.0 kW 70 kHz 4 μs 240 s 140 ◦C −100 V 180 sccm
CrWC 5.0|0.3 ↗ 1.2 kW 40 kHz 5 μs 1260 s 140 ◦C −100 V 180 sccm

WC 1.2 kW 40 kHz 5 μs 1080 s 120 ◦C −100 V 195 sccm

2.5. Characterization of Tools and Textured Tappets

The confocal microscope (VK-X 200, Keyence Deutschland GmbH, Neu-Isenburg,
Germany) was used to characterize the microtextures on the component and tool sides. The
measurement result was achieved by combining many focal planes with an incremental
distance of 0.5–1.0 μm. To ensure a high resolution of the measured topography, the mea-
surements were carried out at 500× magnification. In addition, height measurements of the
texture surface were required to assess the accuracy of the micro-coining and to investigate
the wear behavior. The analysis was carried out by defining the two measurement areas of
texture and base. This procedure is necessary because the measurement method cannot
give absolute height values, only relative values. The height of the texture results from the
difference between the measurement area of the texture and the measurement area of the
soil. With the aim of eliminating edge effects, the size of the texture measurement areas
was defined as 70% of the nominal area of the top of the texture. A distance of 15 μm from
the texture had to be considered for the placement of the measuring surface of the floor. An
area corresponding to five times the target area of the top of the texture was used for the
bottom area to achieve a sufficiently large measuring area for referencing the texture height.
In addition, scanning electron microscopy (Merlin Gemini II, Carl Zeiss AG, Oberkochen,
Germany) was used to assess the wear mechanisms of the tool-side textures and to evaluate
selected textures on the tappets. To analyze the resulting texture patterns more closely
regarding their geometry, representative laser microscopic images were taken (VK-X 3100,
Keyence Deutschland GmbH, Neu-Isenburg, Germany) at 200× magnification.

2.6. Characterization of the Coating

To characterize the coating structure and coating hardness, round samples of tool steel
(1.2379) were coated in the same process and then examined. The indentation hardness
HIT and indentation modulus EIT were measured via nanoindentation (Picodentor HM500
and WinHCU, Helmut Fischer, Sindelfingen, Germany) in accordance with Oliver and
Pharr [51,52]. Therefore, a Vickers indenter was utilized, and 17 indentations were produced
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with a force of 18 mN. The measurements were carried out using the standard application
until the indenter attained the predetermined penetration force. In this case, the evaluation
of the mechanical properties was performed at a penetration depth of <10% of the respective
coating thickness to minimize the influence of the substrate [53]. A FEI Helios Nanolab
600i (ThermoFisher Scientific, Waltham, MA, USA) with a focused ion beam workstation
(FIB) was used to generate cross-sections to characterize the coatings. An accelerating
voltage of 5 kV and a probe current of 0.69 nA were selected to image the microstructure.
To demonstrate the layered architecture with the elemental composition of each layer,
energy-dispersive X-ray spectroscopy (EDS) mappings were also performed. The same
electron microscope with an Xmax50 detector (Oxford Instruments, Abingdon, UK) was
used for this purpose.

The surface roughness of the coating was measured directly on the non-textured
tappets at 200× magnification using laser scanning microscopy (VK-X 3100, Keyence
Deutschland GmbH, Germany) and compared with the roughness of the uncoated tappets.
Four areas of 250 μm × 250 μm were measured on each of the three images, using an
S-filter of 2 μm to match the measurement resolution. To examine the uniform coating
thickness in the textures, the coated tappets were separated in the texture area, embedded,
and then metallographically polished. As the epoxy resin used for embedding, the DLC-
coating, and the substrate is abraded differently, images were taken and analyzed using
focal stacking light microscopy (VK-X 3100, Keyence Deutschland GmbH, Germany) at
500× and 1000× magnification.

2.7. Tribological Characterization

To fundamentally characterize the resulting friction and wear behavior, tribometer
tests were carried out in a linear oscillating pin-on-disc configuration, as shown in Figure 3.
It should be mentioned at this point that, as a pure model test, these cannot be used for
comparison with the simulations. 100Cr6 bearing balls with a diameter of d = 4 mm were
used as counterbody, and a test was carried out over 20,000 cycles for all textured cam
tappets with the different variants.

 
Figure 3. Used pin-on-disc tribometer (a) with linear reciprocal kinematics with excentric clamping (b).

In addition, two long-term tests with 200,000 cycles each were carried out on the
DLC-coated tappets. The complete test conditions are summarized in Table 5.

In addition to the average frictional force present in the contact, the wear of the coun-
terbodies was also examined to determine the influence of the coating. The wear on the
textured tappets, on the other hand, was only recorded qualitatively, as a quantitative
evaluation of the wear volume is not possible or is associated with excessive external un-
certainties. The evaluation of the counterbody wear was carried out using light microscopy
(Metallux I, Leica, Wetzlar, Germany) at 200× magnification. The wear on the tappets was
qualitatively analyzed using laser scanning microscopy (VK-X 3100, Keyence Deutschland
GmbH, Germany) at 200× magnification. The differences in friction and wear behavior
were evaluated using a two-sided t-test for unpaired samples.
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Table 5. Setup of the pin on disc tribometer tests.

Lubricant 10 μL PAO-40

Temperature tamb 20.6–21.9 ◦C
Humidity 42–50%

Counterbody
100Cr6/1.3505 bearing balls (grade G10, DIN
5401, Ra ≤ 0.02 μm, hardness ≥ 61 HRC) with

d = 4 mm
Tappet variants Textured 16MnCr5/1.7131 (+DLC)
Normal load FN 5 N

Max. Hertzian pressure pHertz 1472 MPa
Sliding speed u 0.092 m/s
Sliding radius r 45 mm

Cycles n 20,000/200,000
Oscillation angle α 30◦

3. Results

3.1. Simulation Process and Numerical Optimization

To investigate the extent to which the presented simulation approaches in 2D and 3D
differ in their results, both simulations were carried out for the cam tip contact at 500 rpm
(load case (a)) as an example. Figure 4 shows the mean friction force per test point for
both models, with the force shown relative to each modeling approach. For improved
visualization, the results are shown as a function of two of the three parameters.

Figure 4. Resulting relative mean frictional force as a function of the selected design parameters
for all test points (n = 40) and as a function of the simulation approach (2D and 3D) for the cam tip
contact at 500 rpm.

It turned out that the simplified 2D simulation model led to similar results regarding
the optimum textures. In particular, the globally clearly recognizable trend can be deter-
mined equally in both simulation approaches. For the load case (a) shown in Figure 4,
textures with a medium texture amplitude, a rather large texture width, and a medium to
rather small texture distance can be qualitatively evaluated as advantageous.

The optimum textures determined using the GPR models for all load cases investigated
are summarized in Table 6.

Table 6. Optimization results for the different load cases at the cam tip (T) and flank (F) contacts
including the quality of the optimization model.

Loadcase A wx dx CoD

(a) 500 rpm T 1.4 μm 77.4 μm 43.9 μm 93.3%
(b) 1000 rpm T 1.4 μm 22.7 μm 75.8 μm 19.4%
(c) 2000 rpm T 3.2 μm 11.3 μm 100.6 μm 64.5%
(d) 500 rpm F 1.4 μm 20.3 μm 193.5 μm 81.1%
(e) 1000 rpm F 14.6 μm 53.0 μm 102.1 μm 88.8%
(f) 2000 rpm F 14.7 μm 154.5 μm 14.0 μm 91.5%
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The example of load case (a) shows that the numerically determined optimum falls
within the optimum parameter range described above in purely qualitative terms, and
the prediction quality is also very good in this case. It is also noticeable that the very
different load cases lead to significantly different optimum textures. For example, while the
optimum texture width at the cam tip contact decreases with the speed and the optimum
texture distance increases, this is exactly the opposite for the flank contact. Apart from load
case (b), the prediction quality of the developed GPR models can be rated as good. The
model quality is particularly influenced by how well the test points describe the behavior
in the parameter space. The prediction is particularly difficult in the case of ambiguous
trends, as there may be several optimal parameter ranges for each load case instead of a
specific optimum.

For this reason, the purely quantitative evaluation of the numerical optimum is not
particularly meaningful without an additional consideration of the underlying model.
However, the graphical evaluation of the results becomes more complex with just three
parameters, as was the case in this work. To illustrate the trends in the parameter space,
all six models developed are shown in Figure 5. The predicted mean friction forces were
evaluated and displayed for 1000 randomly generated parameter combinations.

Figure 5. Average friction forces predicted by the GPR models for load cases (a–f).

The dependency on the parameters can be clearly recognized here. It is noticeable that
for some load cases (e.g., (a) and (e)), there is a clearly recognizable optimization direction
in the parameter range with a point optimum, whereas for others (e.g., (b) and (c)) there
are larger, similarly optimum parameter ranges. Consequently, the prediction quality of
these models is somewhat poorer.

3.2. Manufacturing Process Challenges and Solutions

Regarding the manufacturing process of the textured tappets, the challenges of the
components, as well as the tools, are analyzed. The challenges were identified from internal
forming tests carried out with the tool shown in Figure 1. The distortion of the textures
depending on the positions is a significant challenge of single-stage forming in combination
with micro-coining. The textures created in the outer areas are shown in Figure 6.
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Figure 6. Distortion of the textures depending on the positions shown in the SEM. The rectangle
texture corresponds to the texture used for the manufacturing tests.

The explanation for this component error is the radial material flow that occurs in the
last process step, during the compression of the component base between the punch and
the coining cylinder. The material flow is lowest in the bottom center, which explains the
good reproduction accuracy of the textures in this area. Only a slight superposition of the
local material flow in micro-coining and the global material flow due to the compression
process of the tappet base is, therefore, advantageous for achieving a low texture distortion.
In contrast, higher radial displacements are found in the direction of the bottom edge. This
suggests that the radial material flow overlaps the material flow from the micro-coining
to a large extent and, therefore, has a negative effect on the dimensional accuracy of the
textures on the workpiece side. In addition to the texture distortion caused by the radial
material flow, further challenges were identified, which are summarized in Table 7.

Table 7. Challenges and solutions in the single-stage manufacturing of textured tappets.

Textured Component Textured Tool

Process limitation Wall necking Multiple texture
pattern Die wear Texture wear

Characteristic

 

Cause Adhesive friction with
die

Contact loss with
coining tool

Contact pressure in
ironing

Shear forces in
micro coining

Counter measures

Friction reduction of
die;

Increase of wall
thickness

Adaption of punch
geometry;

Use of active
counterholder

Application of tool
coatings;

Adaption of tool
geometries

Radial texture
orientation;

Coating of tool surface

After only a few strokes, a local necking of the material forms on the outer wall of
the base body near the radius. As the number of strokes increases, the necking spreads
until it finally surrounds the cup wall. A further increase in the number of strokes results
in material fracture, whereby the base below the radius is detached from the cup wall.
This stage follows the states described in the literature [54], consisting of crack initiation,
crack propagation and crack arrest. As the boundary conditions are kept constant during
component manufacture, a wear-related change in the tribological system can be assumed.
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An explanation for this is the increase in wall friction due to wear on the inner wall of the
die. This increases the static friction that must be overcome when the finished component
is removed from the die. If the static friction in the lower wall area exceeds the yield
point of the material, necking can form at these points, which can lead to complete bottom
tears if friction increases further. To counteract this, the die could be finished with a
friction-reducing PVD or CVD coating, or the wall thickness of the cup could be increased.

In addition to macroscopic component failure, macroscopic component defects are
identified. A major challenge in single-stage texturing is the creation of more than one
texture pattern. Additional undesired texture patterns occur slightly offset from the original
location. This is due to the inhomogeneous contact formation during the cam tappet. Partial
loss of contact occurs between the semi-finished product and the embossing cylinder. The
simultaneous radial material flow causes a relative displacement between the component
and the tool. This leads to a second embossing pattern, which occurs at a different location
compared to the first pattern. Possible remedies are provided by adapting the punch
geometry, which prevents contact detachment and, therefore, relative displacement. In
addition, an actively controlled counterholder can be used, which clamps the sheet before
deep drawing and stretching and thus prevents the convex geometry of the component.

On the tool side, severe wear is detected on the inner radius of the die. Numerical
analyses identify a particularly high contact pressure in this area. This is caused by the
ironing and the resulting material build-up due to the reduction in wall thickness. For
this reason, cold welding of the semi-finished material occurs on the die surface. As a
countermeasure, a PVD coating containing titanium is applied to the inside of the die. This
measure enables the complete elimination of this process error. A small draft angle, for
example, offers the potential to reduce the contact pressures by distributing the forming
zone over a larger area.

In addition to the wear of the die, the change in the texture surface on the tool
side represents a significant process challenge. As the negative geometry of the tool is
transferred to the component during micro-coining, texture wear on the tool side impairs
the coining accuracy of the process. The causes and remedial measures are therefore
described separately in the following section.

3.3. Application Behavior on the Tool Side

An abstracted coining process is used to investigate the wear behavior of the tool
textures. This is introduced in [55]. Since the deep drawing and ironing only have a
minor influence on the work hardening in the cup bottom and thus on the tool load, the
process for the wear investigation focuses on the cam tappet itself. The abstracted process,
therefore, reproduces the indentation of the tool textures into the workpiece as well as the
radial material flow with a sheet thickness reduction of 0.1 mm. The tool textures exhibit a
height of 30 μm for the analysis. Although these are significantly higher than the structures
identified as ideal in the simulation, wear mechanisms can already be identified at lower
stroke rates. As fewer components must be produced, this measure contributes to more
sustainable research.

The analysis is based solely on the texture height, as the main effects of wear on this
dimension were shown in the previous investigations. Figure 7a shows the development of
the texture height at the three positions on the punch surface with three measured punches
and three scanned textures per position.

For measuring Positions 1 and 2, a considerable decrease in texture height can already
be seen after 250 strokes. Further strokes no longer lead to a continuous decrease in height.
This is an indication that resistance to low-cycle fatigue is reached at the residual height
of 10.8 ± 2.0 μm at Position 1 and 12.0 ± 1.6 μm at Position 2. The running-in phase at
Position 1 is, therefore, already completed after 250 strokes. The degressive progression of
the amount of wear is an indication of the state of the incubation period, in which no or
very little wear is usually detected [56]. However, a progressive increase in the amount of
wear, which heralds the failure of the textures, cannot be detected even after 4000 strokes.
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The incubation period, therefore, continues, although its end is only to be expected after a
large number of further strokes. The measurable amount of wear is almost constant during
this time, as processes such as crack formation and growth, as well as microstructural
changes, occur gradually and slowly.

Figure 7. Texture height with respect to the position on the punch (a) and the corresponding signs of
wear (b).

In Position 3, a gradual wear behavior of the texture surface can be observed. This
is the degressive increase in the amount of wear in the running-in phase. The decrease in
texture height appears to run into saturation and thus into the incubation period in the
range of 4000 strokes. Due to the supporting effect of the longitudinal side of the texture,
textures that are arranged in the direction of the material flow are consequently less affected
by wear.

Initial textures before forming in Figure 7b have a crater-shaped surface on the side
faces. This is caused by the incremental discharge pulses in the micro-erosion manufac-
turing process. As the electrode is not in contact with the top surface of the textures, this
surface remains in its original state. Only the characteristic fusion build-up forms at the
edge between the side surface and the top surface. As shown in the previous section, the
wear behavior is highly inhomogeneous and depends on the orientation of the texture.
Therefore, to identify the wear mechanisms, SEM images of the orientations at 0◦, 45◦
and 90◦ are examined. Textures at 0◦ are only affected by slightly abrasive wear. Particle
removal is less pronounced in the bonding zone and increases towards the top surface. This
behavior can be explained by the localization of stress peaks in tools at their edges and tight
radii [57]. Consequently, the abrasive wear at Position 3 is detected particularly on the side
surfaces near the edge to the top surface. Due to the higher shear forces, highly abrasive
wear occurs at Position 2 at an orientation of 45◦. The material flow of the sheet metal
strip causes particles to be detached from the surface of the base body by micro-chipping
processes and repeated scoring [56]. It is to be expected that these detached tool particles
cause furrow wear on the outer tool surface due to the high hardness. They are transported
further by the radial material flow. This also accelerates the abrasive wear of the textures
located there.
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In summary, it can be stated that the use of non-rotationally symmetrical texture
geometries on forming tools for embossing processes leads to highly anisotropic wear
behavior due to the relative orientations to the material flow. Depending on this alignment,
the running-in phase or the incubation period still prevails after 4000 strokes. As the
textures are wear-resistant at a height of at least 10 μm, the suitability of the process for the
application under investigation has been proven. Generally, the texture depth of structured
surfaces is mainly lower than 10 μm [14]. The lower the required texture depth, the less
critical the tool wear in combined forming processes. The manufacturing process presented
is, therefore, suitable for most applications from a wear technology perspective.

3.4. Manufactured Textures

The resulting textures on the tappets are shown in Figure 8. The production-related
deviations from the ideal geometry described above can also be recognized here to some
extent. The deviations from the ideal shape are particularly pronounced in the deeper
patterns (see Figure 8b,d). In contrast, the flat texture patterns R_g (Figure 8a), T_l1
(Figure 8f) and T_l2 (Figure 8g) deviate only slightly.

Figure 8. Light microscopic and laser scanning microscopic images of the texture patterns applied to
the tappets: global textures (a,b), distribution of the local texture patterns (c) and their characteristics
(d–g). The different height scales must be considered.

3.5. DLC-Coating Characterization

The indentation hardness HIT of the coatings was 25.8 GPa with an indentation
modulus EIT of 199.9 GPa. The values are, therefore, within the usual range for DLC
coatings. The design of the DLC coating is shown in Figure 9a in the FIB cut. The adhesive
layer consists of 0.3 μm Cr, 0.2 μm CrWC and 0.1 μm WC. The thickness of the a-C:H
functional layer is approx. 2 μm, whereby the transition between a-C:H:W and a-C:H is not
recognizable in the FIB cut. However, this can be seen in the corresponding EDS mapping
in Figure 9b.

94



Lubricants 2024, 12, 291

 
Figure 9. Coating design in the FIB cut (a) and the corresponding EDS mapping (b).

Figure 10 shows three examples of microsections through the coated texture patterns
T_g and T_l2. The exact position of the microsection cannot be determined. It is noticeable
that the coating growth is not influenced by the textures, as they are very wide in relation to
their depth. Shadowing effects, therefore, do not occur, and even in the areas of the texture
edges (see Figure 10g), a uniform coating application can be determined.

 
Figure 10. Coating in the textures T_g (a–c) and T_l2 (d–f) as well as exemplary enlargement in the
area of the texture edges (g).

The measured roughness of the DLC-coated tappets is Sa = 0.20 μm (σ = 0.043 μm)
and Sz = 3.98 μm (σ = 0.87 μm) and is therefore lower than the uncoated ones with
Sa = 0.35 (σ = 0.037 μm) and Sz = 5.25 μm (σ = 0.91 μm). This can be explained by the
fact that the surfaces are comparatively rough before coating, and the coating with a similar
thickness clogs the fine structures of the surface due to the application process. The coarse
shape of the surface, including the applied textures, on the other hand, does not change,
which can also be seen in Figure 10 as an example.

3.6. Tribological Behavior in Model Contact

The results from the tribometer tests are shown in Figure 11 as a function of the texture
variant investigated and for the untextured reference.

 

Figure 11. Mean friction values (a) and diameter of the wear calotte of the counter body (b) of the
tested variants (n = 3 uncoated and n = 2 with DLC) with selected significance levels (t-test with
p < 0.05 (*) and p < 0.01 (**)). Please note the axes cut off for reasons of presentation.
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The amorphous carbon coating only led to a reduction in friction in the non-textured
case, while the counter body wear increased considerably at the same time. In the case
of uncoated samples, a clear difference was found between the optimized textures T_l1
and R_g compared to the textures T_g and R_l, which were assumed to be unsuitable,
with negative effects presumably overriding the positive texture effect due to the shape
deviations. However, only the difference in friction between T_g and T_l1 was significant,
which may be due, among other things, to the sometimes-large variance in the repeated
tests for tribometer tests. Additional long-term tests (see Figure 12c) at the textures T_l2
show a clear running-in behavior of the coating until the friction level of the uncoated
texture variant is reached after approx. 180,000 cycles.

Figure 12. Wear of the coated (a) and uncoated (b) textures (two examples) with the corresponding
LSM images and the friction curves (c) in the long-term tests with texture T_l2. Note the axis cut off
for display reasons. In addition, the signs of wear on the unfavorable texture patterns T_g (d) and
R_l (e), which occurred sporadically even after the short test running times.

This also explains why the COFs for the coated tappets were significantly higher in
the short tests. At the same time, wear on the textures was completely prevented by the
additional DLC-coating, whereas the uncoated tappets were already largely worn out after
the long-term test (see Figure 12a,b). In the case of the coated tappets, the light-colored
areas in Figure 12a indicate the running in of the coatings. Due to their unfavorable surface
with protruding edges, however, the texture patterns T_g (see Figure 12d) and R_l (see
Figure 12e) already showed coating failure at individual points in the short tests. With
the textures T_l1 and R_l, however, no wear was recognizable there, as was also the case
with T_l2.

4. Discussion

The numerical evaluation of textures using EHL simulation has long proven to be
an effective approach, as it reduces the amount of experimental testing required. In the
selected application example, the simplified model leads to similar results as the complete
3D contact model. By using the simplified model, the calculation time can be reduced
considerably. For the investigated cam tappet contact, it could be shown that the optimal
texture patterns strongly depend on the very different contact conditions, which makes it
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difficult to define a uniformly optimal texture since it would also have to be considered
how long the respective conditions exist. For the load case (a), which is also considered
to have similar boundary conditions and model structure, the results are similar to those
from [30]. From a numerical point of view, it can also be concluded that the textures in the
center of the tappet should be smaller than in the edge areas, where a larger proportion of
the cam flank is in contact. In addition to simply reading out the optimum parameters, the
trend in the parameter space is also important for the evaluation of the optimization model
to define sufficient textures.

The tendencies from the simulations could also be recognized in tribometer tests, but
the positive effects are partly overlaid by the production-related deviations of the textures
so that no effective friction reduction could be proven compared to the non-textured case.
We must point out that the results of the theoretical simulation and texture optimization
should not be compared directly with those of the pure model test.

For the coating of steel substrates, the substrates are often pretreated by polishing to
low roughness values (Ra < 0.1 μm). This serves to ensure good adhesion of the coating to
the steel substrate and that the roughness of the applied coating is not influenced by rough
substrate surfaces. In tribological contacts, a high roughness of the coating often leads to
high friction and, thus, abrasive wear of the counterbody if the coating exhibits a higher
hardness than the contact partner, which in the case of the a-C:H coating against steel. Here,
we investigated the possibility of coating application on the microtextured surface and
found that it basically achieved excellent performance. The results of the tribological tests
showed no flaking, delamination or severe wear of the a-C:H coating, meaning that coating
adhesion under load remained stable. However, an exception applies to texture patterns
with unfavorable and sharp edges. Here, the coating failure already occurred in the short
tests on individual edges. Although the additional a-C:H layer applied to the texturing
did not reduce friction in the short tests, the wear on the tappets was significantly reduced
in long-term tests. The initially higher friction is presumably because the unfavorable
edges on the textures caused by the production process are also protected against rapid
smoothing and, therefore, have a negative effect on the contact. This means that the positive
effect of an additional coating only takes full effect after the contact has been run in, and
it can be assumed that friction is also reduced, as well as wear. Another option for future
investigations would be to polish the coating after deposition.

The production of textured metallic components should be implemented using sus-
tainable processes. Forming processes are particularly suitable due to their high resource
efficiency. Texturing can thus be integrated directly into the production of the base body.
The main challenges that have so far hindered implementation in an industrial environment
are texture dimensional accuracy and tool wear. In this context, the measures identified
in this study are designed to meet these challenges. Regarding the application of the cup
tappet, where only low texture depths are required, it was also demonstrated that the
process is also suitable for large quantities. Tool wear only plays a subordinate role at this
texture depth.

5. Conclusions

As part of our work, we have dealt with the numerical optimization, production and
coating of textured tappets. We can summarize the following key findings:

• A numerical EHL simulation with subsequent optimization can be used to investigate
textures efficiently. In addition to the numerical optimum, the prediction trend in the
model is also of decisive importance for understanding the contact.

• The process combination of deep-drawing, ironing and micro-coining is suitable for
applying structures that are relevant for microtexturing to metallic surfaces.

• For applications where deep textures are required, tool wear can be reduced by
orienting the textures radially in the direction of the material flow.

97



Lubricants 2024, 12, 291

• Tribometer tests have shown that, from a numerical point of view, better textures
lead to reduced friction in comparison to unsuitable ones. At the same time, the
production-related deviations in the non-post-treated state appear to outweigh the
positive effects.

• Application of the coating to the microtextured surface of the tappets was effective
without post-processing of the surface, as is often the case for coated steel substrates,
and led to a significant reduction in wear, which was observed based on optical
evaluations after the tribological tests.
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Nomenclature

ac Carreau parameter
A Texture amplitude
bHertz Hertzian contact half-wide
C Elasticity tensor
dx Texture distance in x-direction
dy Texture distance in y-direction
wx Texture width in x-direction
wy Texture length in y-direction
Ec Young’s modulus of the cam
Eg Function of the cam edge geometry
Et Young’s modulus of the tappet
FN Contact normal force
FR Friction force
FR,solid Solid friction force
FR,fluid Fluid friction force
Gc Critical shear stress
H Dimensionless lubricant gap height
H0 Dimensionless distance between undeformed bodies

98



Lubricants 2024, 12, 291

n Number of test cycles
nc Carreau parameter
ncam Camshaft speed
p Hydrodynamic pressure
psolid Solid contact pressure
P Dimensionless hydrodynamic pressure
Psolid Dimensionless solid contact pressure
Ptot Dimensionless total contact pressure
pHertz Hertzian contact pressure
r Sliding radius
R Cam radius
S Textures geometry
t Time
T Dimensionless time
tamb Ambient temperature
tmax End time of the simulation
toil Oil temperature
u Sliding speed
um Mean entrainment velocity
x, y, z Coordinates
X, Y, Z Dimensionless coordinates
α Oscillation angle
αη Pressure viscosity coefficient
.
γ Shear rate
δ Elastic deformation
δ Dimensionless elastic deformation
ε Strain tensor
η Viscosity
η0 Base viscosity
η Dimensionless viscosity
η∞ Second plateau viscosity
μ Coefficient of friction
νc Poisson’s ratio of the cam
νt Poisson’s ratio of the tappet
ρ Density
ρ0 Base density
ρ Dimensionless density
σ Stress tensor
σc Combined surface roughness
ϕ Cam angle
ψ Term of the Reynolds equation
Ω Calculation area
Ωc Central calculation area
∇ Nabla operator
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Abstract: The present study aims to efficiently predict the wear volume of a journal bearing under
start–stop operating conditions. For this purpose, the wear data generated with coupled mixed-
elasto-hydrodynamic lubrication (mixed-EHL) and a wear simulation model of a journal bearing
are used to develop a neural network (NN)-based surrogate model that is able to predict the wear
volume based on the operational parameters. The suitability of different time series forecasting NN
architectures, such as Long Short-Term Memory (LSTM), Gated Recurrent Unit (GRU), and Nonlinear
Autoregressive with Exogenous Inputs (NARX), is studied. The highest accuracy is achieved using
the NARX network architectures.

Keywords: journal bearing; wear prognosis; machine learning; surrogate model

1. Introduction

Preventing wear-induced failures of machines is one important measure to become
more sustainable and reduce CO2 emissions, as maintenance and replacement efforts
due to wear-induced failures share about 3% of global primary energy consumption [1].
Journal bearings are regarded as one wear-critical component in a machine. Hydrodynamic
journal bearings can operate free of wear during nominal operation, but they are prone
to abrasive wear during start–stop operation [2–4]. Advancing wear losses can lead to a
loss of conformity, which may cause irregular vibrations or even a loss of load-carrying
capacity. The latter can cause severe consequential damage to the machine. Therefore,
potential methods to predict the wear of a journal bearing during mixed-friction operation
are needed. Various studies have tackled the damage caused by mixed-friction operation,
and promising physical approaches have been developed and validated [2,5,6]. These
models can provide accurate results if the operating conditions of a specific machine in
terms of load, speeds, and temperature as well as the physical properties of the specific
bearing material–lubricant combinations are predefined. However, in many cases, these
numerical approaches are still very time-consuming, making their effective utilization in
design and direct integration into condition monitoring impractical.

In recent years, in the age of artificial intelligence (AI) and machine learning (ML), so-
called surrogate or meta models have been developed in the field of tribology [7,8]. These
models can replace computationally expensive physical and empirical models for different
purposes, including wear prediction [9–11]. After successful training, these models can
predict the desired output with high accuracy within much shorter calculation times than
the original physical simulation approaches. Hence, ML-based models can handle a large
variety of operating conditions and parameters in real time or near real time. This capability
allows for predicting wear under dynamic conditions, such as start–stop conditions with
sequential mixed-friction operation, which are often observed in real machinery. From
a practical point of view, ML-based models of tribological systems can be applied in the
design and the use phases of these systems. Specifically, the designer can use ML-based
models to efficiently assess the impact of the design as well as operational conditions on
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wear. In the use phase, wear monitoring can benefit from a correlation between sensor data,
i.e., measurable bearing condition indicators, and the corresponding wear losses, which
can typically not be directly measured.

The focus of this study is use phase wear monitoring. For this purpose, it is hypoth-
esized that the knowledge gained through experimentally validated physical simulation
methods and the sensor data obtained through condition monitoring with tribology-related
signals in the real system, e.g., temperature, load, torque, or Acoustic Emission, are com-
plementary and can be used to develop novel methods for accurate and robust ML-based
wear monitoring during the use phase of a particular machine.

As a first step towards this vision, the aim of this study is to evaluate the capabilities
of ML for the prediction of wear in journal bearings under start–stop conditions. For
this purpose, the wear data obtained with an existing, experimentally validated coupled
mixed-elasto-hydrodynamic (mixed-EHL) and wear simulation model are used to train
and evaluate an ML-based surrogate model. Three similar start–stop cycles in terms of
time and speed with different bearing loads and temperatures serve as the input, whereas
the corresponding wear volume serves as the output.

2. Methods and Parameters

The methodology of this work is shown in Figure 1. Firstly, the mixed-EHL and
wear simulation model was used to generate wear data. Following the pre-processing of
the generated data, multiple variants of the three time series forecasting recurrent neural
network (RNN) architectures, namely Long Short-Term Memory (LSTM), Gated Recurrent
Unit (GRU), and Nonlinear Autoregressive with Exogenous Inputs (NARX), were built.
The aim was to explore the suitability of the chosen architectures as well as the impact
of the number of hidden layers (HL) and neurons per layer on the prediction accuracy.
To compare RNN architectures, each network architecture was simulated using the same
training and test data sets. At the beginning of the training, the weights and biases of
the neural network must be set to specific initial values. The initial determination of the
values is called the “initial guess”. The training algorithm does this by means of random
initialization. As the choice of initial values for weights and biases influences the training,
the training was repeated several times, and the best result was saved. Subsequently, the
aim was to elucidate whether the best-performing RNN can predict wear if the sampling
rate of the data sets is reduced. The reason for this is twofold. On the one hand, training
with large data sets is computationally expensive and time-consuming. By using lower
sampling rates, not only can the time be reduced but also the necessary hardware costs. On
the other hand, the acceleration and deacceleration rates as well as the operating time of
dynamically operating machines may vary, which affects the number of sampling points
in a whole cycle and thereby the seasonality of the data. From a data science point of
view, this different seasonality of the data can also be achieved by varying the sampling
rate of the data sets, as it is conducted in this study. It should be noted that the stochastic
operation is far more complex in terms of loads, speeds, and temperatures. Hence, this
can only be seen as a first step towards wear prediction under dynamic conditions. In this
study, the best-performing model architecture from our initial screening of LSTM, GRU,
and NARX was trained again using training data with different sampling rates. Specifically,
the sample rate of the training data was heuristically changed by a downsampling factor
of 50, 100, and 400 using the function downsample within MATLAB. The downsampling
factor determines the data points that are maintained from the original training data. With
a downsampling factor of 50, only every 50th value is maintained. Subsequently, the model
was tested with testing data at a downsampling factor of 200 to obtain a first idea of the
model’s adaptability to condition-monitoring systems with lower sampling rates as well as
dynamic operating conditions.

Finally, the best-performing RNN model from our initial screening was trained on
series A and B and then tested on series C to show the transferability of the model to
different operational conditions.
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Figure 1. Process chart depicting the methodology of the present work.

2.1. Coupled Mixed-EHL and Wear Simulation Model

In this study, a coupled transient mixed-elasto-hydrodynamic (mixed-EHL) and wear
simulation model is used to simulate the wear behavior during multiple thousand start–
stop cycles. The basic structure of the physical simulation model and its combination with
a wear simulation with empirical wear laws is shown in Figure 2.

In this model, which is built in AVL Excite PowerUnit, the initial contact geometry,
the surface topography of the bearing and shaft, and the transient operating conditions
are used as input parameters. Furthermore, the temperature, boundary friction, and wear
coefficient are used as inputs. The variation in temperature affects the lubricant’s viscosity
and therefore the hydrodynamic film formation. The relationship between temperature,
pressure, and lubricant viscosity, which was used in this study, is shown in Figure A1
in Appendix A. The friction coefficient was modeled with the boundary friction model
according to Knauss and Offner [12]. Changing the lubricant type, the base oil viscosity,
and the additives will certainly have an influence on the friction coefficient.
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Figure 2. Structure of the mixed-EHL and wear simulation.

In transient mixed-elasto-hydrodynamic simulations (EHL with mixed friction), the
local, transient wear-critical pressures are calculated. After each simulation step, which
corresponds to one start–stop cycle, the wear pattern is calculated using the energetic
approach according to Fleischer [13,14], which calculates the local wear depth as a function
of the locally resolved coefficient of friction (CoF), the asperity contact pressure, as well
as a predefined wear coefficient. Subsequently, the maximum wear per simulation step is
extrapolated to 0.25 μm for the maximum wear depth to calculate the wear loss caused by
multiple start–stop cycles within one simulation step. In the next step, the wear volume is
calculated via integration. After the wear calculation, a new simulation model is built with
an updated contour and bearing roughness. This process is repeated with updated wear
profiles and surface topographies of the bearing in each simulation step until a predefined
simulation time is reached.

2.2. Data Generation from the Simulation Model

The coupled, transient mixed-EHL + wear simulation model can be used to predict
the contact conditions inside of the journal bearing as well as volumetric wear losses for
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different operational conditions, i.e., loads, temperatures, and speeds. The data used in
this study are from three different start–stop time series, namely series A, B, and C. In
all cases, the modeled bearing has a diameter of 30 mm, a width of 15 mm, and a radial
clearance of 25 μm. For Series A, a radial load of 900 N and a temperature of 80 ◦C were
chosen, while a load of 900 N and a temperature of 90 ◦C and a load of 1350 N and a
temperature of 80 ◦C were chosen for series B and C, respectively. With an increase from
80 ◦C to 90 ◦C, the base viscosity at 40 ◦C decreases from 7.2 to 5.7 mPas. In all series, the
start–stop cycle is fixed to a 2 s acceleration from 0 to 600 min−1, 2 s at a constant speed
for 600 min−1, and a 3 s deceleration from 600 to 0 min−1. Each start–stop cycle lasted 7 s,
totaling 45 shaft revolutions per start–stop cycle (10 + 20 + 15 for starting, constant, and
stopping mode, respectively). The coupled mixed-EHL + wear simulation was conducted
for a total of 2500 start–stop cycles. With 4884 time steps per start–stop cycle, the overall
time series contains more than 12 million time steps. The three different load–temperature
combinations generate three distinct time series for the simulated contact conditions in the
bearing as well as the resulting wear volume.

2.3. Data Pre-Processing

The three distinct data sets for series A, B, and C contain constant input data (load,
temperature), transient input data (time, speed), and transient mixed-EHL simulation
output data (CoF), alongside the transient output data of the wear simulation (wear volume,
wear depth, and wear rate). The input and output variables are referred to as features. From
all of these features, a few features were carefully chosen with the idea that only certain
measured values are suitable to be measured in real machinery, such as the temperature
and speed. The feature temperature was excluded due to the isothermal modeling as a first
attempt and could be integrated at a later stage. In contrast, other features, such as the radial
bearing load and friction, are difficult to measure and therefore commonly not available.
The bearing load can be assumed from the overall torque or energy consumption of a
machine. In this study, the radial bearing load remained constant within each simulation
run, so it was also excluded from the model [15]. Friction cannot be measured directly, but
it is an important parameter. Hence, various studies have shown that friction phenomena
can instead be measured with Acoustic Emission technology. Because this is not within the
scope of this study, the integral friction coefficient (CoF) was used.

However, it should be noted that the temperature and bearing load are implicitly
considered. First, variations in the predefined isothermal temperature and the external load
impact the oil viscosity due to temperature– and pressure–viscosity relationships, which
affect the hydrodynamic film’s load-carrying capacity. Consequently, the ratio between oil
and solid contact pressure is affected, influencing the global CoF, which contains both solid
body and fluid friction via the integration of local shear stresses. Second, to incorporate
the load’s influence, which also remained constant throughout the simulation, frictional
torque was used instead of CoF, as it also contains the external load as a variable, as shown
in Equation (1),

Frictional torque = CoF × load × r (1)

where r is the radius of the bearing. Hence, the data were significantly reduced to only con-
tain frictional torque and speed as input parameters for the ML models. The wear prediction
model needs to anticipate short-term fluctuations, like changes in operational conditions
(such as start–stop cycles), termed seasonality, and long-term wear patterns, known as trend.
Hence, “wear volume” was chosen as the output feature instead of transient measures like
wear rate, as it effectively encapsulates both seasonality and trend aspects.

In the future, the aim is to replace the simulation data with measured data. Using the
measured speed, temperature, and friction torque can be the first step to demonstrate the
transferability from simulation to reality.

106



Lubricants 2024, 12, 290

2.4. Machine Learning Models

The transient data obtained from the simulation model can be treated as a time series
for ML-based surrogate modeling. Pragmatically speaking, wear monitoring and prognosis
are a combination of regression modeling between input and output data and time series
forecasting, commonly performed with RNNs, which are used to predict posterior data
while considering the previous and current state of the system. RNNs are able to retain
past sequential data in memory, making them exceptionally well-suited for tasks involving
sequential data, such as time series analysis. Following the pre-processing of the data
obtained from mixed EHL and wear simulations, the different RNN architectures LSTM,
GRU, and NARX were trained and compared. These architectures are further introduced
in Sections 2.4.1–2.4.3.

2.4.1. LSTM

Long Short-Term Memory (LSTM) is an RNN that avoids the vanishing gradient
problem, which occurs during the training of long time series. As shown in Figure 3,
LSTMs feature a unique architecture comprising an input gate, a forget gate, and an output
gate, enabling them to retain and utilize information over extended sequences selectively.
The input gate regulates the flow of new inputs (labeled x) into the cell state (labeled c).
Conversely, the forget gate determines which information from the previous cell state
is discarded, thereby facilitating the preservation of relevant long-term dependencies.
Finally, the output gate controls the flow of information from the cell state to the output
(labeled y). This gating mechanism allows LSTMs to capture and retain important temporal
dependencies, making them particularly interesting for using sequential data [16–18].

Figure 3. Schematic representation of the LSTM model.

2.4.2. GRU

Gated Recurrent Unit (GRU) networks are a specialized variant of RNNs, similar
to LSTM networks, designed to overcome the vanishing gradient problem inherent in
traditional RNN architectures. Compared to LSTMs, GRUs employ a simpler architec-
ture, featuring fewer gating mechanisms while maintaining competitive performance [17].
Within the GRU architecture, depicted in Figure 4, two primary gates regulate the flow
of information: the update gate and the reset gate. The update gate in GRUs governs the
flow of new inputs (labeled x) into the current state (labeled c), deciding how much past
information to retain and how much new information to integrate. Similarly, the reset gate
adjusts the contribution of past information when computing the current state, facilitating
selective forgetting of irrelevant information. GRU models dynamically adjust these gates
to capture and retain relevant information over extended sequences. Compared to LSTMs,
GRUs are easier to train and faster to execute at the cost of modeling accuracy [19,20].
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Figure 4. Schematic representation of the GRU model.

2.4.3. NARX

NARX models, or Nonlinear Autoregressive models with exogenous inputs, are
specialized tools for time series forecasting. NARX models capture complex patterns
and dynamics due to their capability to integrate speed and frictional torque as input
signals into the forecasting process. Unlike traditional autoregressive models, NARX
models incorporate exogenous inputs alongside the autoregressive terms, allowing them to
account for external influences on the system’s behavior [21–25].

The NARX model equation is shown in Equation (2), where y(t), the predicted value of
the model, is predicted using its previous values, y(t − 1) to y(t − ny), and the corresponding
previous values of an input signal, x(t − 1) to x(t − nx). There are two forms of NARX
architecture: series-parallel and parallel architecture. The series-parallel NARX architecture
was chosen for this study as the availability of the previous values of y(t) makes the network
more accurate [26].

y(t)= f(y (t − 1), y(t − 2), . . . , y
(
t − ny

)
, x(t − 1), x(t − 2), . . . , x(t − nx)) (2)

Here y(t) is the wear volume. The Neural Net Time Series App in MATLAB version
R2020b was used for training and testing the NARX models. A schematic representation of
the NARX network is shown in Figure 5.

Figure 5. Schematic representation of the series-parallel NARX model.
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3. Results and Discussion

The aim of this project was to train an RNN model that predicts the wear volume data
generated from the physics-based simulation model. Three time series, A, B, and C, were
generated with different operating conditions, as described in the methods in Section 2.2.

3.1. Mixed-EHL and Wear Simulation Results

The speed and the coefficient of friction (CoF) predicted by the mixed-EHL model for
the first three and last three start–stop cycles of series A are exemplarily shown in Figure 6a.
It can be observed that the CoF is zero at the initial start-up and stopping time due to
standstill. After a certain number of start–stop cycles, the CoF is significantly reduced
due to the running in process. During the stationary phase, hydrodynamic lubrication is
present, which leads to very low viscous friction losses, as it can be seen in Figure 6b.

(a) 

(b) 

 

Figure 6. CoF and speed obtained from physics-based simulation model: (a) cycles 1–3, (b) cycles
2498–2500.
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The results of the coupled wear simulation are exemplarily shown in Figure 7. Figure 7a
shows the long-term trend of the wear volume. As it can be seen, the wear rate significantly
decreases over the number of start–stop cycles after a pronounced wearing-in within the first
few hundred start–stop cycles. Turning our attention to the seasonality, the wear volume
generated within the first three cycles (1–3) is shown in Figure 7b, while the wear volume
originated from the last three cycles (2498–2500) is shown in Figure 7c.

(a) 

(b) 

Figure 7. Cont.
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(c) 

Figure 7. Wear volume obtained from physics-based simulation model: (a) total number of start–stop
cycles, (b) cycles 1–3, (c) cycles 2498–2500.

Similarly to the observed trend, the generated wear volume loss within the first three
cycles (0.015 mm3) is significantly higher than the loss within the last three cycles of the
data set (0.0003 mm3), as the wear during the first three cycles was generated during the
running-in period. In contrast, the wear during the last three cycles was predominantly
caused by the mixed-friction operation during start-up and only slightly increased during
stopping. The challenge is to incorporate the overall trend and seasonality effects into an
efficient, predictive RNN model.

3.2. ML Models and Architecture Comparison

A detailed comparison of LSTM, GRU, and NARX was conducted to evaluate the
performance of these RNN architectures for predicting wear in journal bearings during
start–stop cycles. The number of layers and the number of neurons per layer were var-
ied for each of the three different RNN architectures to evaluate the performance under
various configurations.

The data set was initially downsampled by a downsampling factor of 200 to accelerate
convergence during training. An 80–20 data split was used, with 80% allocated to training
and 20% reserved for testing. This ratio was chosen based on previous studies. Due to the
early pre-screening of these models, the validation data were included for both LSTM and
GRU models. Overfitting is prevented by using gradient clipping, limiting the absolute
value of the gradients to 1. In the NARX model, the 80% training data set is subdivided,
with 60% used for training and 20% as a validation data set. Tables A2 and A3 in the
Appendix A provide detailed information on the training parameter for LSTM, GRU, and
NARX. The evaluation was based on the Root Mean Square Error (RMSE) metric for both
training as well as testing error analysis. Figure 8 shows the comparison of the three RNN
architectures; the complete list of RMSE values can be found in Table A1 in the Appendix A.
Variants for each RNN architecture include models with a single hidden layer and two
hidden layers for varying numbers of neurons. The test case results for each network are
shown in Figure 8. The best results for LSTM were obtained for two hidden layers with
50 neurons in each layer. For GRU, the best results were obtained for a single hidden
layer with 100 neurons, whereas for NARX, a single hidden layer with 50 neurons gave
the best result. The RMSE value of the NARX model is much lower compared to LSTM
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and GRU, which can also be observed in the deviations, which are shown in Figure 9.
The predictions from LSTM and GRU show local fluctuation, making them unsuitable for
prediction of the seasonality. Additionally, the training process of the NARX network was
considerably faster than the other two networks. However, due to the uncertain outcome
of the comparison between different networks, the training time was not our focus and
therefore not measured. Therefore, the NARX model was selected as the most promising
model for further training and testing.

Figure 8. ML model and architecture comparison for the test case.
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(a) 

(b) 

Figure 9. Cont.
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(c) 

Figure 9. ML model comparison: (a) LSTM (2 HL, 50 neurons), (b) GRU (1 HL, 100 neurons), and
(c) NARX (1 HL, 50 neurons), including deviation from the physics-based wear volume values.

3.3. Exploring the Adaptability of the NARX Model to Varying Data Resolutions

During dynamic operation, the acceleration and deceleration may be subjected to change.
Under the assumption of a sampling rate of a condition-monitoring system, this leads to a
different number of data points for a given start–stop cycle. The question is whether this
change affects the outcome of the model. Therefore, this section focuses on the prediction
of multiple downsampled versions of the Series A data set. These downsampled versions
were produced by applying downsampling factors of 50, 100, and 400. The NARX model
was then trained in three different orders, specifically, 50-400-100, 400-100-50, and 100-50-400.
Following the training process, the NARX model with a single hidden layer of 50 neurons
was tested on series A with a downsampling factor of 200. The idea to train on different
downsampling factors (50, 100, and 400) and to test it on a new downsampling factor of
200 was to artificially check the NARX model’s adaptability to varied sampling rates as well
as varied acceleration and deacceleration rates. Although downsampling does not directly
influence acceleration and deceleration rates, the concept of the sampling rate offers a parallel
understanding: just as a higher sampling rate captures finer details in signal processing, faster
changes in velocity signify more rapid acceleration or deceleration. Therefore, if NARX predicts
the wear successfully for downsampled data, it is assumed that a similar principle will work
for dynamic cycle lengths. The best test results (data set of downsampling factor 200) were
achieved with a training sequence of 50-400-100, shown in Figure 10. As it can be seen in
Figure 10a, the predicted wear volume of the NARX model is very close to the wear volume of
the simulation model. The NARX model was successful in predicting the trend but was unable
to capture the local seasonality with high accuracy, as it can be seen in Figure 10b. Even though
there are some fluctuations in the prediction, the error is within the range of 0.01.

From the comparison between the best test results in Figure 10 and the other two results,
which are shown in Appendix A, Figures A2 and A3, it can be observed that both the sequential
training with 50-400-100 (Figure 10) and 100-50-400 (Figure A3) lead to comparable results,
with a slightly better prognosis result using 50-400-100. In contrast, the sequential training 400-
50-100 (Figure A2) leads to larger deviations, particularly after multiple hundred start–stop
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cycles. One potential reason is that the initial training of NARX with a downsampling factor
of 400 can lead to a wrong direction of weights and biases, which ultimately affects the results.
This would agree with the results for 50-400-100 (Figure 10) and 100-50-400 (Figure A3), which
leads to slightly better results when finishing the training with a downsampling factor of 100
instead of 400. Based on these results, it can be assumed that the downsampling factor of
400 is not beneficial for training, which should be further studied in the future. Nevertheless,
based on the positive results with 50-400-100 (Figure 10) and 100-50-400 (Figure A3), the
NARX model can be suitable for wear trend prediction under varying dynamic conditions
and sampling rates. The suitability of NARX in terms of seasonality is also demonstrated by
the minor deviations between its wear prediction and the physics-based wear simulation.

(a) 

(b) 

Figure 10. Prediction of a novel, downsampled series: (a) test results with a downsampling factor of
200 by NARX model trained on downsampling factors of 50, 400, and 100, and (b) deviations from
the actual wear volume values (cycles 251–253).
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3.4. Utilizing the Trained NARX Model for Forecasting a Novel Series under New Operating Conditions

The NARX model with a single hidden layer of 50 neurons underwent training using
two distinct series from the data sets Series A and Series B, featuring loads of 900 N
and temperatures of 80 ◦C and 90 ◦C, respectively. The training incorporated different
downsampling factors, specifically 50 and 100. Afterwards, the trained NARX model was
tested with an entirely new series, Series C, without downsampling. In this case, low RMSE
values were observed (0.000571). As it can be seen from Figure 11a, the prediction curve
is almost identical to the wear volume curve obtained in physics-based simulations. The
deviations between NARX and the coupled mixed-EHL and wear simulation are within
0.005, as shown in Figure 11b. This underscores NARX’s remarkable predictive capability
in accurately forecasting unknown time series data, highlighting its potential for predictive
maintenance applications in dynamic systems.

(a) 

(b) 

Figure 11. Prediction of series C (no downsampling): (a) wear volume by the NARX model for the test
case trained on series A and B and (b) deviations from the actual wear volume values (cycles 251–253).
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4. Conclusions

Journal bearings’ start–stop operation increases the risk of failure due to abrasive wear.
Considering the high computational cost of mixed-EHL and wear simulations to predict
abrasive wear under dynamic conditions, this work aimed to study the potential of machine
learning with recurrent neural networks (NNs) to predict wear after 2500 start–stop cycles.

Based on the results of this work, the following conclusions can be drawn:

• The NARX model exhibited superior predictive performance in wear prediction com-
pared to the LSTM and GRU models, showcasing a lower RMSE.

• The trained NARX model demonstrated robust predictive capabilities, accurately
forecasting all time series, irrespective of varying downsampling requirements, under-
scoring its adaptivity and generalization ability.

• The NARX’s demonstrated effectiveness across diverse scenarios highlights its po-
tential utility in various applications, accentuating its generalization capabilities to
handle varying input parameters and data configurations.

Following the original hypothesis, the knowledge gained through experimentally
validated physical simulation methods can be used for accurate and robust ML-based
wear monitoring. In the future, the input data should be replaced by sensor data obtained
through condition monitoring with tribology-related signals in the real system, e.g., tem-
perature, torque, vibration, or Acoustic Emission [3,27]. Furthermore, for the condition
monitoring of dynamic operating machinery under real-life, stochastic conditions, which
was originally formulated within the hypothesis, this work should be extended towards
more complex load cases in terms of speed profiles, temperatures, and loads. In addition,
the deviations between the surrogate model and the real data from the experiment should
be incorporated using statistical methods [28]. Furthermore, different failure modes should
be addressed in the future by applying ML for classification [29].
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Appendix A

Table A1. Test results of all trained RNN architectures in Section 3. The best-performing RNN of
each architecture is highlighted by bold and underscored letters.

Model Hidden Layer Neurons RMSE-Test

LSTM 1 10 7.72 × 10−3

LSTM 1 20 1.41 × 10−2

LSTM 1 50 2.19 × 10−1
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Table A1. Cont.

Model Hidden Layer Neurons RMSE-Test

LSTM 1 80 7.10 × 10−3

LSTM 1 100 8.15 × 10−3

LSTM 2 10 2.38 × 10−2

LSTM 2 20 8.53 × 10−3

LSTM 2 50 1.03 × 10−4

LSTM 2 80 1.26 × 10−4

LSTM 2 100 1.09 × 10−2

GRU 1 10 8.59 × 10−3

GRU 1 20 9.45 × 10−3

GRU 1 50 9.08 × 10−3

GRU 1 80 5.05 × 10−3

GRU 1 100 4.71 × 10−3

GRU 2 10 1.37 × 10−2

GRU 2 20 6.25 × 10−3

GRU 2 50 6.11 × 10−3

GRU 2 80 6.26 × 10−3

GRU 2 100 5.91 × 10−3

NARX 1 10 1.20 × 10−5

NARX 1 20 8.51 × 10−6

NARX 1 50 4.95 × 10−6

NARX 1 80 2.37 × 10−5

NARX 1 100 7.33 × 10−6

NARX 2 10 1.20 × 10−5

NARX 2 20 6.07 × 10−6

NARX 2 50 1.00 × 10−5

NARX 2 80 1.25 × 10−5

NARX 2 100 3.82 × 10−5

Figure A1. Relationship between temperature, pressure, and lubricant viscosity.
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(a) 

(b) 

Figure A2. Prediction of a novel, downsampled series: (a) test results with a downsampling factor of
200 by NARX model trained on downsampling factors of 400, 100, and 50, and (b) deviations from
the actual wear volume values (cycles 251–253).
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(a) 

(b) 

Figure A3. Prediction of a novel, downsampled series: (a) test results with a downsampling factor of
200 by NARX model trained on downsampling factors of 100, 50, and 400, and (b) deviations from
the actual wear volume values (cycles 251–253).

120



Lubricants 2024, 12, 290

Table A2. Training parameters of LSTM and GRU.

Training Parameter Description

Normalization • Scaling of the data in the value range [−1, 1] using the
MATLAB command mapminmax.

Learning rate

• The initial learning rate is set to 0.005.
• The learning rate is gradually reduced every 50 epochs.
• With each reduction, the learning rate is reduced to 20% of

its previous value.

Optimization methods
• Use of the Stochastic Gradient Descent with Momentum

(SGDM) as a training algorithm.

Regularization techniques
• Gradient clipping.

� Limiting the absolute value of the gradients to 1 to
prevent unstable training conditions.

Table A3. Training parameters of NARX.

Training Parameter Description

Normalization • Scaling of the data in the value range [−1, 1] using the
MATLAB command mapminmax.

Learning rate
• The learning rate is dynamically and internally adjusted by

the training algorithm used; a specific learning rate is not
specified.

Optimization methods

• Use of the Levenberg–Marquardt algorithm as a training
algorithm.

� Special method for solving non-linear least squares
problems.

� Combination of the gradient descent method with the
Gauss–Newton method.

� The Levenberg–Marquardt algorithm switches
adaptively between both methods to accelerate
convergence.

Regularization techniques • No application.

References

1. Holmberg, K.; Erdemir, A. Influence of tribology on global energy consumption, costs and emissions. Friction 2017, 5, 263–284.
[CrossRef]

2. König, F.; Chaib, A.O.; Jacobs, G.; Sous, C. A multiscale-approach for wear prediction in journal bearing systems—From
wearing-in towards steady-state wear. Wear 2019, 426–427, 1203–1211. [CrossRef]

3. Zhang, H.; Ma, J.; Li, X.; Xiao, S.; Gu, F.; Ball, A. Fluid-asperity interaction induced random vibration of hydro-dynamic journal
bearings towards early fault diagnosis of abrasive wear. Tribol. Int. 2021, 160, 107028. [CrossRef]

4. Vencl, A.; Rac, A. Diesel engine crankshaft journal bearings failures: Case study. Eng. Fail. Anal. 2014, 44, 217–228. [CrossRef]
5. Maier, M.; Pusterhofer, M.; Grün, F. Modelling Approaches of Wear-Based Surface Development and Their Experimental

Validation. Lubricants 2022, 10, 335. [CrossRef]
6. Maier, M.; Pusterhofer, M.; Grün, F. Wear simulation in lubricated contacts considering wear-dependent surface topography

changes. Mater. Today Proc. 2023, 93, 563–570. [CrossRef]
7. Marian, M.; Tremmel, S. Current Trends and Applications of Machine Learning in Tribology—A Review. Lubricants 2021, 9, 86.

[CrossRef]
8. Yin, N.; Yang, P.; Liu, S.; Pan, S.; Zhang, Z. AI for tribology: Present and future. Friction 2024, 12, 1060–1097. [CrossRef]
9. He, Z.; Shi, T.; Xuan, J.; Li, T. Research on tool wear prediction based on temperature signals and deep learning. Wear 2021,

478–479, 203902. [CrossRef]
10. Bote-Garcia, J.-L.; Gühmann, C. Wear volume estimation for a journal bearing dataset. tm-Tech. Mess. 2022, 89, 534–543. [CrossRef]

121



Lubricants 2024, 12, 290

11. Ates, C.; Höfchen, T.; Witt, M.; Koch, R.; Bauer, H.-J. Vibration-Based Wear Condition Estimation of Journal Bearings Using
Convolutional Autoencoders. Sensors 2023, 23, 9212. [CrossRef] [PubMed]

12. Offner, G.; Knaus, O. A Generic Friction Model for Radial Slider Bearing Simulation Considering Elastic and Plastic Deformation.
Lubricants 2015, 3, 522–538. [CrossRef]

13. Fleischer, G. Zur Energetik der Reibung. Wiss. Z. Tech. Univ. Magdebg. 1990, 34, 55–66.
14. Bartel, D.; Bobach, L.; Illner, T.; Deters, L. Simulating transient wear characteristics of journal bearings subjected to mixed friction.

Proc. Inst. Mech. Eng. Part J J. Eng. Tribol. 2012, 226, 1095–1108. [CrossRef]
15. Moder, J.; Bergmann, P.; Grün, F. Lubrication Regime Classification of Hydrodynamic Journal Bearings by Machine Learning

Using Torque Data. Lubricants 2018, 6, 108. [CrossRef]
16. Lindemann, B.; Müller, T.; Vietz, H.; Jazdi, N.; Weyrich, M. A survey on long short-term memory networks for time series

prediction. Procedia CIRP 2021, 99, 650–655. [CrossRef]
17. Mateus, B.C.; Mendes, M.; Farinha, J.T.; Assis, R.; Cardoso, A.M. Comparing LSTM and GRU Models to Predict the Condition of

a Pulp Paper Press. Energies 2021, 14, 6958. [CrossRef]
18. van Houdt, G.; Mosquera, C.; Nápoles, G. A review on the long short-term memory model. Artif. Intell. Rev. 2020, 53, 5929–5955.

[CrossRef]
19. Yang, S.; Yu, X.; Zhou, Y. LSTM and GRU Neural Network Performance Comparison Study: Taking Yelp Re-view Dataset as an

Example. In Proceedings of the 2020 International Workshop on Electronic Communication and Artificial Intelligence (IWECAI),
Shanghai, China, 12–14 June 2020; pp. 98–101. [CrossRef]

20. Gao, S.; Huang, Y.; Zhang, S.; Han, J.; Wang, G.; Zhang, M.; Lin, Q. Short-term runoff prediction with GRU and LSTM networks
without requiring time step optimization during sample generation. J. Hydrol. 2020, 589, 125188. [CrossRef]

21. Chen, S.; Billings, S.A.; Grant, P.M. Non-Linear Systems Identification Using Neural Networks; Acse Report 370; Department of
Automatic Control and System Engineering, University of Sheffield: Sheffield, UK, 1989; Available online: https://eprints.
whiterose.ac.uk/78225/ (accessed on 5 January 2024).

22. Narendra, K.S.; Parthasarathy, K. Learning automata approach to hierarchical multiobjective analysis. IEEE Trans. Syst. Man
Cybern. 1991, 21, 263–272. [CrossRef]

23. Ouyang, H.-T. Nonlinear autoregressive neural networks with external inputs for forecasting of typhoon inundation level.
Environ. Monit. Assess. 2017, 189, 376. [CrossRef] [PubMed]

24. Kotu, V.; Deshpande, B. Time Series Forecasting. In Data Science; Elsevier: Amsterdam, The Netherlands, 2019; pp. 395–445.
25. Siegel, A.F.; Wagner, M.R. Time Series. In Practical Business Statistics; Elsevier: Amsterdam, The Netherlands, 2022; pp. 445–482.
26. Olorunlambe, K.A.; Eckold, D.G.; Shepherd, D.; Dearn, K.D. Bio-Tribo-Acoustic Emissions: Condition Monitoring of a Simulated

Joint Articulation. Biotribology 2022, 32, 100217. [CrossRef]
27. Poddar, S.; Tandon, N. Detection of particle contamination in journal bearing using acoustic emission and vibration monitoring

techniques. Tribol. Int. 2019, 134, 154–164. [CrossRef]
28. König, F.; Wirsing, F.; Jacobs, G.; He, R.; Tian, Z.; Zuo, M.J. Bayesian inference-based wear prediction method for plain bearings

under stationary mixed-friction conditions. Friction 2023, 12, 1272–1282. [CrossRef]
29. König, F.; Sous, C.; Chaib, A.O.; Jacobs, G. Machine learning based anomaly detection and classification of acoustic emission

events for wear monitoring in sliding bearing systems. Tribol. Int. 2021, 155, 106811. [CrossRef]

Disclaimer/Publisher’s Note: The statements, opinions and data contained in all publications are solely those of the individual
author(s) and contributor(s) and not of MDPI and/or the editor(s). MDPI and/or the editor(s) disclaim responsibility for any injury to
people or property resulting from any ideas, methods, instructions or products referred to in the content.

122



Citation: Ibrar, B.; Wittstock, V.;

Regel, J.; Dix, M. Influence of

Lubrication Cycle Parameters on

Hydrodynamic Linear Guides

through Simultaneous Monitoring of

Oil Film Pressure and Floating

Heights. Lubricants 2024, 12, 287.

https://doi.org/10.3390/

lubricants12080287

Received: 28 June 2024

Revised: 9 August 2024

Accepted: 11 August 2024

Published: 14 August 2024

Copyright: © 2024 by the authors.

Licensee MDPI, Basel, Switzerland.

This article is an open access article

distributed under the terms and

conditions of the Creative Commons

Attribution (CC BY) license (https://

creativecommons.org/licenses/by/

4.0/).

lubricants

Article

Influence of Lubrication Cycle Parameters on Hydrodynamic
Linear Guides through Simultaneous Monitoring of Oil Film
Pressure and Floating Heights

Burhan Ibrar 1,*, Volker Wittstock 1, Joachim Regel 1 and Martin Dix 1,2

1 Professorship for Machine Tools and Production Processes, Chemnitz University of Technology,
09126 Chemnitz, Germany; psp@mb.tu-chemnitz.de

2 Fraunhofer Institute for Machine Tools and Forming Technology IWU, 09126 Chemnitz, Germany
* Correspondence: burhan.ibrar@mb.tu-chemnitz.de

Abstract: Hydrodynamic linear guides in machine tools offer a high load capacity and excellent
damping characteristics, improving stability, precision, and vibration reduction. This study builds on
previous research where floating heights were verified with a simulation model limited to measured
floating heights. Advancements include incorporating pressure sensors into a fixed steel rail, enabling
simultaneous measurement of oil film pressure and floating heights for a comprehensive under-
standing of lubrication conditions within the lubrication gap. The experimental results explore the
effects of different lubrication methods, providing valuable insights into cavitation and lubrication
adequacy. The results demonstrate the feasibility of utilizing pressure sensors to measure oil film
pressure within the lubrication gap, providing a nuanced understanding of lubrication dynamics.
By measuring both floating heights and pressure measurement, distinctions between hydrodynamic
lubrication, mixed friction regions, and instances of lubricant deficiency become readily discernible.
The variations in real-time oil film pressure and floating heights help to optimize the lubrication cycle
for hydrodynamic linear guides, enhancing system performance and longevity.

Keywords: oil film pressure measurement; miniature strain gauge pressure sensors; lubrication
improvements; hydrodynamic linear guides; Stribeck curve

1. Introduction

Hydrodynamic linear guides (HDGs) are essential components in various engineering
applications, facilitating precise and smooth linear motion due to good damping properties.
They are successfully used not only in large machines but also in medium-sized ma-
chines [1]. They have a good damping coefficient, are low cost [2], and lead to high-quality
machined surfaces. Therefore, this type of guideway remains crucial for the feed axes in
numerous machine tools [2]. Contrary to the constant supply of lubricant in hydrostatic
bearing, the efficiency is better. The constant supply of lubricant in hydrostatic bearings
increases the running cost, which reduces the efficiency; whereas, roller bearing leads to
low-quality machine surfaces due to the dynamic excitation of rolling contact. The wear
caused by friction is considered the main reason for the failure of mechanical systems and
the major source of energy loss [3]. Depending on the application, a static surface pressure
of approximately pstat = 0.5 MPa, corresponding to the weight load (Fstat), is recommended
for the bearing surfaces of the guideways [4]. However, significantly lower values are used
for higher dynamics of the feed axis, such as in grinding machines [5,6]. The hydrodynamic
(HD) pressure is generated due to wedge-shaped film and relative movement between the
guide surfaces. The initial moment of floating and forming a lubrication wedge is due to
oil inlet pressure [6]. One of the key parameters in hydrodynamic guides is the oil film
pressure, which influences the operation of guides [2,7]. The accuracy of the straight-line
motion of machine tool tables with a hydrodynamic linear guide is influenced not only
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by the geometry of the guideway, but also the thickness of the lubricant films [8]. The
floating heights of a hydrodynamically lubricated guide are inconsistent depending on the
speed and load, assuming a sufficient oil supply and constant viscosity of the lubricant.
In machine tools, however, the change of state of friction is undesirable [8]. Additionally,
the presence of mixed friction regimes during start-up and deceleration phases introduces
instability and potential wear, adversely affecting system accuracy and efficiency. Further-
more, issues such as air entrapment within the lubrication gap and variations in oil film
pressure further compound the complexities of lubrication dynamics, leading to suboptimal
performance and potential mechanical failure. Understanding lubrication conditions is
crucial for mitigating challenges (adverse effects of dynamic changes in floating heights and
mixed friction regimes) in hydrodynamic linear guides. Therefore, the primary objective
of this study is to gain insight into the lubrication conditions (with the help of pressure
sensors) within the lubrication gap and propose solutions to improve the lubrication con-
ditions, which enhance the performance and reliability of hydrodynamic linear guides in
engineering applications.

2. Research Objective

Through systematic experiments and analysis, the aim of this novel study is to gain
insights into the lubrication condition inside the lubrication gap. It also seeks to propose
solutions that enhance the overall performance, stability, and longevity of hydrodynamic
linear guides across various operation modes of the machine tools (rapid feed rate versus
process feed rate). It will investigate how different factors in the lubrication cycle influence
pressure sensor readings and access the impact of the number of oil-supplied lubrication
grooves in the slide bar on oil film pressure. The effectiveness of existing pressure integra-
tion methods will be evaluated and assess how the amount of oil (or air entrapment) affects
sensor performance. The study also seeks to understand the nuances of oil film pressure
measurements and their implications for improving the lubrication cycle.

3. Literature Review

In the domain of hydrodynamic linear guides, this study pioneers the integration of
sensors to measure oil film pressure within the lubrication gap, filling a significant gap
in existing research. Despite decades of research in this area, there has been a notable
absence of methods to measure oil film pressure in hydrodynamic linear guides. While
experimental efforts dating back to 1969 have focused on measuring dynamic friction and
floating heights/film thicknesses, the absence of a developed method for oil film pressure
measurement underscores the novelty and importance of our research endeavor. Our
research addresses this gap by introducing an innovative approach, aiming to deepen
the understanding of lubrication dynamics in hydrodynamic linear guides. However, the
existing literature was reviewed to examine variable dependencies, the design of lubrication
grooves, pressure measurement for other applications, and types of lubrication.

In their experimental research, Shiozaki et al. [5] investigated the effects of lubricant
viscosity on film thickness and frictional resistance in models and surface grinding ma-
chines through an oil bath lubrication method. The study demonstrated that film thickness
increases at the leading edge and decreases at the trailing edge as the table moves, with a
minimum thickness exceeding 10 μm. A direct relationship between the table speed and the
inclination was observed, indicating that speed influences system dynamics. Additionally,
increased load slightly reduced film thickness, pointing to a complex relationship between
lubricant efficiency and load. Remarkably, higher speeds ensured consistent frictional
resistance, even with changes in slider inclination, and higher viscosity reduced the speeds
at which frictional resistance was minimized. The findings emphasize the importance of
selecting appropriate lubricants and operational parameters to minimize friction and en-
hance efficiency in surface grinding processes. The study, however, did not address oil film
pressure in the lubrication gap, a crucial aspect for understanding lubrication conditions.
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Kortendieck et al. [8] explored the complexity of lubrication in hydrodynamically
lubricated linear guides in machine tools, highlighting the importance of effective oil
distribution for minimizing friction and ensuring smooth operations. Through an experi-
mental setup involving a 900 mm long table with a maximum stroke of 150 mm and a feed
rate of 3.8 m/min, the study underlines the necessity of optimizing lubricant distribution
across sliding surfaces, considering surface smoothness, gap size, and viscosity. This study
presents design recommendations for lubrication grooves, emphasizing perpendicular ori-
entation, comprehensive coverage, and strategic placement. These recommendations aim
to enhance oil supply and maintain lubrication film integrity, which are crucial for reducing
losses and ensuring precision in machining applications. The research also examines the
impact of motion sequences on lubricant behavior and the importance of accommodating
gap height variations, concluding that a thorough understanding of lubrication dynamics
and strategic design is vital for improving the performance and durability of machine tool
sliding guides.

Gläser et al. [9] developed a simulation model by applying the finite difference method
to the Reynolds equation [10] to estimate the floating angle. The conformity of the floating
angle between the numerical and simulated results was good at velocities up to 40 m/min.
On the one hand, they measured friction coefficients of sliding surfaces with very low
variations and on the other hand, with a slight concavity deviation of the flatness. It has
been realized that with concave sliding surfaces there is relatively 60% more friction and
the floating angle showed irregular behavior.

Zhang et al. [11] continued the work of Gläser et al. [9] and estimated the oil film
pressure and floating heights of HDGs using a 2D simulation model (single-phase) based on
the Reynolds equation [10]. However, due to the unavailability of a pressure measurement
system, the simulation model was calibrated using only experimental floating heights
(measured using eddy current sensors). The lubrication was adjusted subjectively by visual
inspection. Both Gläser et. al. [9] and Zhang et. al. [11] used only two lubrication grooves
close to the ends of the carriage. Neugebauer et al. [12] have also studied various shapes of
the lubrication gap and their effects on oil film pressure.

Optical sensors can be used as an alternative to eddy current sensors for measuring oil
film thickness in hydrodynamically lubricated bearings, as demonstrated in [13,14]. These
sensors work by transmitting light through the lubricant film and reflecting it from the shaft
surface back to the sensor. However, they tend to be more expensive due to their use of
advanced technologies such as Fiber Bragg Grating [15] or Fabry–Perot interferometry [16].

Previously, 16 manometer tubes were used by Sinanoglu et al. [17] to study the pressure
development in journal bearings under different velocity variations and various shaft
surface textures [17]. Additionally, Ichikawa et al. [18], Mihara et al. [19,20], Mihara and
Someya [21], and Someya and Mihara [22] used thin film sensors, consisting of thin material
layers with a total thickness of 6 μm, on the sliding surface of bearings to measure the oil
film pressure in journal bearings. Mihara and Someya [21] conducted oil film pressure
measurements, along with temperature and strain measurements, on the bearing surface in
an engine test. Ronkanien et al. [23] used optical pressure sensors to measure the oil film
pressure in journal bearings. Iwata et al. [24] displayed the successful implementation of
a recently created thin film sensor for gauging the distribution of oil film pressure in the
main bearings of high-speed motorcycle engines. The results of the study emphasize the
significance of accurate oil film pressure measurement in optimizing engine performance,
thereby offering valuable insights for further exploration and improvement in engine
design and lubrication systems.

Previous research efforts have laid the groundwork for the current investigation, em-
phasizing the critical role of proper lubrication in achieving optimal performance and
longevity in linear guide systems. Ibrar et al. [25] and Wittstock et al. [26] developed an
integration method for strain gauge miniature pressure sensors into the rail to measure hy-
drodynamic pressure generated inside a lubrication gap. This method is further used in this
study to understand the lubrication conditions and influencing parameters. These findings
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serve as a pertinent reference point for the advancement of similar technology in diverse
applications. Firstly, based on [27,28], the pressure sensors were installed in an identical rail
made of acrylic glass (Plexiglas) for easier fabrication. Different integration methods were
tested in the Plexiglas rail to measure the pressure and observe the oil or trapped air [25].
Subsequently, the finalized integration method, which showed a significant improvement
in pressure measurement, was used to integrate pressure sensors into the steel rail [25].
The author also calibrated the pressure sensors statically and dynamically before and after
integrating them into the steel rail [25]. This novel approach enables a comprehensive
evaluation of lubrication dynamics and system behavior under dynamic operating con-
ditions, paving the way for informed decisions in lubrication strategy optimization and
maintenance practices.

4. Experimental Setup

Figure 1 depicts the hydrodynamic linear guide system used in this study. The system
features a carriage with two sliding bars that move over two parallel steel rails. Distance
eddy current sensors are mounted at each of the four ends of the carriage to measure the
lubrication gap, as well as the roll and pitch of the carriage. Shell Tonna S-68 lubricant
is used, with a density of 879 kg/m3 and a viscosity of 68 mm2/s at 40 ◦C (8.6 mm2/s at
100 ◦C). Pressure sensors have a round sensing surface with a diameter of 6 mm and a
thickness of 0.6 mm. Seven strain gauge pressure sensors by Kyowa [29] named “PS-5KD”,
calibrated, are integrated into a steel rail (integration method is shown in Figure 2c) to
provide a detailed examination of the pressure within the lubricating gap. The pressure
sensor comprises miniature strain gauge pressure sensors that can safely operate within a
temperature range of −20 to 70 ◦C [29], allowing for the measurement of oil film pressure
inside the lubrication gap. The pressure rise rate is 213 bar/s.

  
(a) (b) 

Figure 1. (a) Top view of the test stand for hydrodynamic linear guides with pressure sensors
integrated into one steel rail, and (b) schematic configuration of the hydrodynamic linear guide
test stand.

   
(a) (b) (c) 

Figure 2. (a) Sliding surface geometry with six lubrication grooves, (b) steel rail with seven integrated
pressure sensors, and (c) cross-sectional view (A-A) of the pressure sensors integration method with
a strip including small holes. All units are in millimeters (mm).
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Figure 2a demonstrates the inclusion of six lubrication grooves, LG 1 to 6, in each
sliding bar accompanied by four holes with a diameter of 1.8 mm in each groove to supply
lubricant in the lubrication gap. The sliding bars have undergone precise machining
to guarantee an optimal and seamless contact with the steel rails if no lubrication oil is
supplied. This was assessed using contact paper. With the help of pressure sensors, it has
been realized that two lubrication grooves (used in [9,10]) are not sufficient to lubricate
the 500 mm long lubrication gap irrespective of the lubrication time. Contrary to [9,10], a
combination of two, four, and six oil-supplied lubrication grooves have been compared
using integrated pressure sensors to test which combination improves the lubrication
conditions. Figure 2b,c illustrates the inclusion of the pressure sensors PS 1 to PS 7 in the
steel rail, allowing for accurate monitoring of the oil film pressure in a longitudinal manner
along the length of the carriage. However, it is important to note that these sensor systems
are unable to detect pressure variations across the width of the rail (average pressure in
transverse direction). The distances between the pressure sensors are as follows: 5 mm
from the start position of the sliding bar to PS1, 300 mm from PS1 to PS2, 200 mm from
PS2 to PS3, 100 mm from PS3 to PS4 and from PS4 to PS5, 200 mm from PS5 to PS6, and
300 mm from PS6 to PS7.

Integrating sensors into the steel rail enables the full utilization of the 1.7 m stroke
length, allowing for a maximum feed rate of 100 m/min in both forward and backward
directions. The pressure data are obtained throughout the extensive range of constant
velocity, acceleration, and deceleration of the carriage. Nevertheless, limitations such as
the stick-slip effect and the necessity to minimize abrupt motion of the carriage restrict the
attainable range of both acceleration and deceleration (3 m/s2).

The advantage of integrating pressure sensors in a steel rail is that both oil film
pressure and floating heights can be measured simultaneously. The steel rail, composed of
P20/1.2311 (40-CrMnMo-7) grade alloy tool steel, has undergone quenching and tempering
procedures to achieve an impressive strength of 1000 N/mm2. Furthermore, gas-nitriding
techniques have been applied, achieving a hardening depth of 0.3 mm and a hardness level
of 600 HV.

Utilizing a screw-drive mechanism, the system operates with a force sensor strategi-
cally placed between the ball screw drive and carriage to gauge the applied force precisely.
To eliminate any horizontal shifting, roller bearing side guiding is incorporated on rear
side of the carriage, utilizing a steel rail without pressure sensors. In contrast, the carriage
exclusively interfaces with one side of the front steel rail, which includes integrated sensors,
ensuring optimal performance through hydrodynamic lubrication.

To obtain the rail surface profile, a dry run of the carriage was conducted without
the application of lubricant, operating at a speed of 0.1 m/min, which is one-tenth of the
minimum speed used for measurements. The detected profile (as shown in Figure 3) is then
subtracted from the actual measured floating heights and yields the absolute and realistic
floating height values.

Figure 3. Surface profile of the rail (sensor side) measured through a dry run of the carriage at a
speed of 0.1 m/min.
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Before using the slide bars with six oil-supplied lubrication grooves to measure the
pressure, it was necessary to evaluate the contact pattern between the sliding bar and the
steel rail with integrated sensors [25]. Ink spots were applied to the steel rail, and the
bars were meticulously cleaned to remove any oil from the lubrication gap. The carriage
was then placed on both steel rails and moved back and forth to examine the surface
contact. This analysis uncovered an irregular and nonuniform contact pattern between
the sliding bar and the steel rail, leading to low or negative pressure readings in areas
with insufficient contact. Nevertheless, this situation accurately reflects the real-world
conditions experienced in machine tools.

5. Experimental Design

In this research study, a series of experiments was meticulously designed as shown in
Table 1 to investigate the impact of various factors on pressure measurements within the
lubrication system. Specifically, the experiments were structured to analyze the influence
of different parameters, including feed rate variations (10, 20, 30, 40, and 50 m/min),
lubrication time (duration of lubricant supply), pause time (interval between lubrication
supply and measurement stroke), static pressure pstat (ratio of the weight of the carriage
to the contact surface area between the rail and the carriage), and the number of oil-
supplied lubrication grooves present. By systematically altering these variables across
multiple experimental setups, the study aimed to understand how each factor contributes
to variations in pressure measurements. This approach allowed for a detailed examination
of the intricate dynamics within the lubrication system, providing valuable insights into its
behavior under diverse operating conditions.

Due to unidentified issues, the pressure sensor PS 3 displayed errors throughout
from Exp. No. 10 to Exp. No. 18. As a result, the data collected from PS 3 during these
experiments have been deemed unreliable and has been omitted from the analysis.

The lubrication cycle employed in the study consisted of several key phases as shown
in Figure 4. Initially, lubrication was applied to the system, followed by a variable pause
time to allow for proper distribution and settling of the lubricant. Subsequently, measure-
ments were taken during the forward stroke of the system to assess its performance under
lubricated conditions. After this, the lubrication process was repeated, followed by another
variable pause period, before measurements were taken during the system’s backward
stroke. Each stroke is separated by the addition of the lubrication interval (tL) and the
pause time (tP). This cycle was repeated five times to ensure thorough data collection and
consistency in the experimental procedure.

Figure 4. Lubrication cycle with variable parameters used in this study.

In this study, the analysis of the influence of different static pressures on pressure
measurement and system performance was not discussed, because this aspect was al-
ready covered by Ibrar et al. [25] during the development of the integration method for
pressure sensors.
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Table 1. Experimental design at different variable lubrication cycle’s parameters and highlighted are
the experiments discussed in Section 6 accordingly.

Experiment
(Exp.) No.

Number of Oil-Supplied
Lubrication Grooves (see Figure 2a)

Static Pressure
pstat [bar]

Feed Rate
vs [m/min]

Pause
Time
tP [s]

Lubrication
Interval/Time

tL [s]

1 6 (LG—1, 2, 3, 4, 5, and 6) 0.24 10, 20, 30, 40, and 50 5

2 6 (LG—1, 2, 3, 4, 5, and 6) 0.454 10, 20, 30, 40, and 50 5 8

3 0.7 , 20, , 40, and 50 8

4 6 (LG—1, 2, 3, 4, 5, and 6) 0.24 10, 20, 30, 40, and 50 30 8

5 6 (LG—1, 2, 3, 4, 5, and 6) 0.454 10, 20, 30, 40, and 50 30 8

6 6 (LG—1, 2, 3, 4, 5, and 6) 0.7 10, 20, 30, 40, and 50 8

7 6 (LG—1, 2, 3, 4, 5, and 6) 0.24 10, 20, 30, 40, and 50 60 8

8 6 (LG—1, 2, 3, 4, 5, and 6) 0.454 10, 20, 30, 40, and 50 60 8

9 6 (LG—1, 2, 3, 4, 5, and 6) 0.7 10, 20, 30, 40, and 50 8

10 6 (LG—1, 2, 3, 4, 5, and 6) 0.24 10, 20, 30, 40, and 50 5

11 6 (LG—1, 2, 3, 4, 5, and 6) 0.454 10, 20, 30, 40, and 50 5 5

12 6 (LG—1, 2, 3, 4, 5, and 6) 0.7 10, 20, 30, 40, and 50 5 5

13 4 (LG—1, 2, 5, and 6) 0.24 10, 20, 30, 40, and 50 5 8

14 4 (LG—1, 2, 5, and 6) 0.454 10, 20, 30, 40, and 50 5 8

15 0.7 10, 20, 30, 40, and 50 5 8

16 2 (LG—1, and 6) 0.24 10, 20, 30, 40, and 50 5 8

17 2 (LG—1, and 6) 0.454 10, 20, 30, 40, and 50 5 8

18 0.7 10, 20, 30, 40, and 50 5 8

6. Analysis and Findings

Analysis methodology of pressure and floating: Floating thicknesses of the oil film
(h0 and h1) depend directly on lubrication cycle parameters. As the lubricant enters the
gap between the slide bar and rail (see Figures 1 and 2), the floating heights increase; when
lubrication stops, the height decreases due to the squeezing effect. Initial floating heights
significantly influence the pressure within the lubrication gap. Pressure sensors provide
critical real-time data on lubrication conditions, essential for improving lubrication and
preventing failure.

To grasp the pressure curves and floating heights measured, the data from Exp. No. 3
are presented in Figure 5, where the pressure curves closely resemble the ideal scenario of
an excellent floating behavior. The floating heights and pressure were measured during
an exemplary forward stroke with relatively high feed rates of 30 m/min, with a static
pressure of 0.7 bar and a 5 s pause time. Figure 5a shows floating heights at both the trailing
edge (h0) and the leading edge (h1) and the inclination angle (α) of the slide. It represents
that at the start of the slide bar’s movement, the slide bar is lifted and runs relatively
smoothly afterward. Figure 5b shows the pressure curves measured through pressure
sensors integrated into the steel rail. In Figure 5c, the slide with lubrication grooves and
the rail with the position of pressure sensors are schematically illustrated. Vertical dashed
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lines show the position of all seven pressure sensors; therefore, they represent the starting
point of each pressure curve of PS 1 to PS 7.

Figure 5. (Exp. No. 3) The corresponding measured floating heights h0,1, along with the lubrication
floating angle α during the forward stroke, are presented in (a). The pressure curves of sensors PS 1
to PS 7, related to slide bar movement, are plotted against the stroke position (xs) in (b). Sketch of a
slide featuring lubrication grooves and rail with the position of pressure sensors integrated in (c).

The first pressure sensor PS 1 (as shown in Figure 2) sits right outside the lubrication
gap and beside the inlet floating height h1 when the slide bar is at the rest position. As
soon as the slide bar moves, the first sensor PS 1 comes inside the lubrication gap and the
pressure sensor records the first pressure curve (shown by the black curve in Figure 5 from
the 0 to 500 mm position). The second pressure sensor PS 2 sits at a distance of 300 mm
from the first sensor; therefore, the blue pressure curve starts from 300 mm and completes
at 800 mm and so on. Six pressure maxima corresponding to six oil-supplied lubrication
grooves can be clearly seen in the third pressure curve (from 500 to 1000 mm position)
measured from the third pressure sensor PS 3. The variability of oil film pressure along the
length of the slide bar (due to the difference between the floating thicknesses h0 and h1)
can be validated with the help of the integrated pressure sensors as it passes over them.
The pressure curve measured through PS 3 shows that at the leading edge, the pressure
is minimal as the floating height h1 is relatively large whereas the maximum pressure
generated between the LG 5 and LG 6 is close to the trailing floating height (h0), which is
relatively small. The pressure curves measured by pressure sensors from PS 4 to PS 7 show
similar curves with the same pressure values. This is because, after reaching maximum
thickness, the pressure decreases, causing the slide bar to start sinking.

During the forward strokes, the floating height sensor h0 at the trailing edge runs
over one of the small holes in the rail (which connects the pressure sensor and lubrication
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gap). The floating height h0 has seven peaks (small fluctuations) in all experimental results
because when it runs over the small holes of the pressure measurement then it records the
larger values as compared to the lubrication gap. Due to the assembly and disassembly of
experimental setup during different experiments, perfect synchronization of position (xs)
could not be achieved. This issue should be addressed by subtracting the surface profile of
the steel rail (measured with same floating heights sensor before experimental run) from
the actual floating height measurement. However, minor fluctuations in h0 are observed
due to slight discrepancies of the position between the dry run measurement and the actual
pressure measurements.

Variation of Feed Rate: vs Comparing the pressure curves presented in Figures 5
and 6, for feed rates of 30 m/min and 10 m/min, respectively, for a surface pressure of
0.7 bar, reveals slight differences. The pressure curves recorded by the sensors indicate
slightly higher values at lower speeds, contrary to expectations. However, as the speed
increases, there is a greater likelihood of air bubble formation within the oil reservoir
(see Figure 2c). However, the actual increase in pressure due to the increment of the feed
rate cannot be measured through this setup. This is because of a very small sensor area
as compared to the total lubrication gap and when the pressure inside the lubrication
gap increases, then the floating heights will increase. The change of floating heights will
neutralize the pressure generated and the pressure inside the lubrication gap becomes
equal to the weight of the carriage. In addition, if the pressure reduces inside the lubrication
gap, then floating heights are reduced until the pressure becomes equal to the weight of the
carriage. Therefore, to capture the actual increase in pressure, the floating heights should be
kept constant, which is not realistically possible. However, if the slide bar moves at higher
speed, then the floating heights have higher values as compared to lower feed rates, which
proves that at higher speed, the pressure generated is also higher but cannot be measured
with the pressure sensors. In addition, the minimum lubrication gap is influenced by both
the feed rate and the surface pressure or load that the system must withstand.

(a) 

(b) 

Figure 6. (Exp. No. 3) The pressure curves of sensors PS 1 to PS 7 are shown in (b), and the measured
floating heights h0,1, along with the lubrication floating angle α, are shown in (a) during the forward
stroke at a feed rate of 10 m/min.
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Variation of the Number of Oil-Supplied Lubrication Grooves:  (LG) To compare
the different number of oil-supplied lubrication grooves, a slide bar with six lubrication
grooves was used. However, oil was supplied through two, four, and six lubrication
grooves for different tests. With the help of pressure sensors, it has been realized that two
lubrication oil–supplied grooves are not sufficient to lubricate the 500 mm long lubrication
gap irrespective of the lubrication interval. It is apparent that having fewer than six oil-
supplied grooves was not sufficient to lubricate the lubrication gap properly, leading to poor
lubrication during operation. This leads to irregular floating heights and an inappropriate
pressure measurement, which is an undesirable outcome.

The different oil film pressures measured at a feed rate of 30 m/min with six, four,
and two oil-supplied lubrication grooves, respectively, are shown in Figure 5 (Exp. No. 3),
Figure 7 (Exp. No. 15), and Figure 8 (Exp. No. 18). It is evident from the results that it is
important to have six oil-supplied lubrication grooves because it shows promising results
(pressure curves) and because it can lubricate the whole lubrication gap before each stroke,
while the pressures measured with two and four oil-supplied lubrication grooves have zero-
pressure regions due to poor lubrication between the lubrication grooves. However, the
maximum values of pressure peaks corresponding to the lubrication grooves also increase
with fewer grooves. This is understandable, as with fewer oil-supplied lubrication grooves,
the guiding surfaces only separate in regions where the lubricant is provided. In other
words, when lubricating with fewer grooves, the weight of the entire carriage is distributed
over a smaller area, which leads to higher maximum pressure values over a relatively small
area. The results clearly show that the floating thickness (h0) decreases with fewer oil-
supplied lubrication grooves; h0 rises with the number of oil-supplied lubrication grooves
from two to four and six. The differences in pressure and floating height measurements
due to varying numbers of oil-supplied lubrication grooves are almost independent of feed
rate, surface static pressure, pause time, and lubrication interval.

(a) 

(b)

Figure 7. (a) Floating heights (h0,1) and floating angle (α) measured during Exp. No. 15 at a feed rate
of 30 m/min and 0.7 bar static pressure, using a slide with four oil-supplied grooves. (b) Oil film
pressure measured under the same conditions.
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(a) 

(b)

Figure 8. (a) Floating heights (h0,1) and floating angle (α) measured during Exp. No. 18 at a feed rate
of 30 m/min and 0.7 bar static pressure, using a slide with two oil-supplied grooves. (b) Oil film
pressure measured under the same conditions.

Variation of Lubrication Interval:  tL  Different lubrication intervals (tL) (Exp. No. 1
with 8 s tL and Exp. No. 10 with 5 s tL for static pressure of 0.24 bar) were tested to explore
their effects on pressure distribution inside the lubrication gap and lubrication effectiveness.
The difference between different pause times for other static pressures (0.454 and 0.7 bar)
and a pause time of 5 s also show similar results. In other words, the pressure curves do
not change their shape due to different static pressures, but only the maximum values in
response to the weight of the carriage. This parameter is adjusted to thoroughly lubricate
the lubrication gap and assess its influence on the system performance during operation.
It is important to consider the number of oil-supplied lubrication grooves along with the
lubrication interval time because the main goal is to lubricate the lubrication gap completely
to achieve low friction and better lubrication conditions during operation. In Figure 8, it can
be seen that the pressure sensors showed two pressure peaks where the lubrication grooves
meet the pressure sensors and in between two lubrication grooves, the sensors did not
measure anything. This is due to poor lubrication inside the lubrication gap between both
lubrication grooves. In Figure 9, the pressure measured inside the lubrication gap is shown
for a feed rate of 10 m/min and a static pressure of 0.24 bar for two different lubrication
interval times of 5 and 8 s. It can be clearly seen that the pressure values recorded with
sensors from PS 4 to PS 7 are relatively higher with a lubrication interval of 8 s. This is due
to better lubrication conditions inside the lubrication gap before each stroke and more oil
stays inside the lubrication gap until the end of the stroke.
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(a) (b) 

Figure 9. Comparison between different lubrication intervals (tL). (a) Exp. No. 10 with a 5 s
lubrication interval and (b) Exp. No. 1 with an 8 s lubrication interval.

The cavitation occurs inside the lubrication gap due to poor lubrication and relative
motion between guiding surfaces, which draws the oil out from the oil reservoir. Initially,
the integration method of pressure sensors was developed using a Plexiglas rail and car-
riage, enabling visual observation of flow and air entrapment in the lubrication gap. Later,
when testing different lubrication grooves, the pressure sensors showed negative values
between grooves due to increased air from poor lubrication conditions. This phenomenon,
where pressure sensors indicated negative values in certain regions and increased with
longer pause times, was also reported in [19].

The presence of air bubbles inside the oil reservoir can reduce the pressure values
measured due to the compressibility of air, which can be confirmed from the comparison of
different lubrication intervals as shown in Figure 9. To avoid these losses, it is important to
keep the oil reservoir always filled with oil. In this experimental study, the oil reservoir
was filled only before each experiment run, because it is not feasible or safe to refill it after
every stroke. However, there is a possibility to avoid these losses by providing the oil to
the reservoir before each stroke with the help of a pump in future experiments.

To avoid or reduce cavitation within the lubrication gap, it is important to optimize
lubrication parameters. Increasing the number of lubrication grooves ensures that the
entire lubrication gap is thoroughly filled with oil. Additionally, a longer lubrication time
and a shorter pause time help maintain proper lubrication during strokes. Furthermore,
the feed rate and floating heights are directly proportional to the generation of cavitation,
meaning that higher feed rates and increased floating heights can increase cavitation.

Variation of the Pause Time:

i
 tP  In real application, there is no specific pause time

and the lubricant is supplied usually before or during strokes. It is not optimal to supply
lubricant during machining or operation and if the lubricant is supplied before strokes
then there will be a pause, which can be very short or long depending on the requirement.
Therefore, it is important to understand the effects of pause duration on pressure measure-
ment, and various pause durations (5 s (Exp. No. 3), 30 s (Exp. No. 6) and 60 s (Exp. No. 9))
are tested with a 0.7 bar static surface pressure to investigate their impact on the lubricant
settling and its distribution within the lubrication gap.

To enhance the comprehension of oil film pressure across different scenarios, the
average pressure (P avg = 1

L

∫ L
0 P(x)dx) by integrating pressure over the length (L) of the

lubrication gap (sliding bar) has been derived as shown in equation 1. This aggregated
value provides a useful benchmark for comparison, shedding light on lubrication conditions
and potential enhancements.

In Figure 10, the oil film pressure along with floating heights are shown for pause
times of 5, 30, and 60 s for different feed rates (10, 30, and 50 m/min). It can be seen that the
pressure measured after 60 s of pause time is comparatively small from all seven sensors
and pressure curves go in a negative direction in some regions, which is not optimal.
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Whereas, the pressure with a 5 s pause time shows promising results (also shown in
Figure 5) because the pressure curves are in the positive region and the pressure measured
through all seven sensors is also significant. However, with the 30 s pause time, the pressure
sensors measured pressure curves with values between a 50 and 60 s pause time. All seven
sensors measure similar pressure curves qualitatively, but quantitatively they are different
due to speed variation, pause time, lubrication interval, and surface pressure. A short
pause time causes the slide bar to descend during operation, leading to more irregular
floating heights during operation and high friction. Conversely, a longer pause slows down
the process, resulting in a decrease in lubricant volume within the gap. This can lead to
increased friction due to a mixed lubrication regime and an increased angle of attack due
to pressure variations along the length of the slide bar.

  
(a) (b) 

 

 

(c)  

Figure 10. Comparison of average oil film pressure between different pause times tP (5 s (Exp.
No. 3), 30 s (Exp. No. 6) and 60 s (Exp. No. 9)) for all seven pressure sensors. (a) vs = 10 m/min,
(b) vs = 30 m/min, and (c) vs = 50 m/min.

It is also evident that the sensors generate reproducible results as long as the floating
heights or inclination angles are similar. From the results, it can also be observed that the
pressure curves are highly sensitive to the slide bar’s inclination angle and the reason for
instable floating heights is due to the varying pressure along the length of the slide bar.

7. Discussion

In the quest for improving the lubrication system of hydrodynamic linear guides, the
integration of pressure sensors presents a promising opportunity to enhance functionality
and efficiency. By utilizing pressure sensor technology, various significant advancements
can be made as follows, with a specific focus on optimizing the lubrication system:

1. Real-Time Monitoring: Pressure sensors enable the continuous monitoring of oil film
pressure within the lubrication gap. This constant feedback allows for dynamic adjustments
to lubrication system parameters, such as flow rate and timing. As conditions change during
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operation, this real-time monitoring optimizes the distribution of the lubricant and ensures
the ideal film thickness.

2. Detection of Lubrication Issues: With the presence of pressure sensors, it be-
comes possible to quickly identify and address any lubrication deficiencies or irregularities.
Whether it is insufficient lubrication or the presence of air pockets, the data from pressure
sensors empowers proactive interventions to ensure optimal lubrication performance.

3. Prevention of Failures: Pressure sensors have the capability to detect changes in
pressure that indicate potential failures in the lubrication system, such as oil film breakdown
or bearing overload. By promptly identifying these issues, pressure sensors facilitate
preventive maintenance measures, reducing the risk of catastrophic failures and prolonging
the lifespan of linear guides.

4. Enhanced Performance: Through precise monitoring and control of the lubrication
process facilitated by pressure sensors, linear guides can achieve superior performance.
Optimized lubrication parameters minimize friction, wear, and heat generation, resulting
in smoother operation, reduced vibration, and improved accuracy and repeatability.

5. Optimizing Sensor Placement: One challenge is to minimize the number of sensors
required while still obtaining accurate and comprehensive data. Reducing the sensor count
can help lower costs and simplify the system without compromising performance.

6. Machine Learning Approaches: Implementing machine learning algorithms can
significantly improve the analysis and interpretation of the data collected by pressure
sensors and four floating height sensors (to measure the thickness of lubrication gap and
machine table’s orientation). Additionally, the data from the current measurement of the
motor to assess friction conditions can also enhance the overall monitoring capability.
These algorithms can predict potential failures, optimize lubrication schedules, and adapt
to changing operational conditions, thereby improving the efficiency and reliability of the
lubrication system.

In brief, while the integration of pressure sensors in the lubrication system of hydrody-
namic linear guides offers substantial benefits in monitoring, detecting issues, preventing
failures, and enhancing performance, addressing challenges such as reducing the number
of sensors and leveraging advanced technologies like multisensor systems and machine
learning will be crucial for future advancements.

8. Conclusions

Using a newly developed pressure integration method, for the first time, this study
provides an insight into the oil film pressure behavior of a hydrodynamic linear guide at
various feed rates, different surface pressures, and various numbers of lubrication grooves,
and different parameters of lubrication cycles have been measured. Pressure sensors are
used in this study to comprehend the lubrication conditions inside the lubrication gap,
which helps in taking appropriate actions to prevent failures. The measured transient
pressure curve gives very important information regarding the lubricant conditions, the
contact built between the sliding surfaces, the table inclination angle, the sliding surface
conditions, and the presence of air pockets.

The study underscores the importance of minimizing the pause time for accurate
pressure measurements, while acknowledging its impact on slide bar orientation. Pressure
curves obtained with a 5 s pause time and longer lubrication intervals closely resemble
the ideal scenario. However, longer pause times, coupled with an additional lubrication
system to maintain a filled oil reservoir, could improve pressure measurements. Careful
consideration of lubrication intervals and the number of lubrication grooves is crucial to
ensure thorough lubrication before each stroke. In future research, it will be beneficial to
compare three different slides featuring two, four, and six physical lubrication grooves.

Regarding feed rate variations, it is essential to note that pressure measurements
may not precisely align with simulation results due to rapid changes in floating heights
caused by pressure build-up in the lubrication gap. To obtain comparable simulation
results, the instantaneous floating heights from the experimental results should be used in
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the simulation to calculate the pressure. The study emphasizes that the pressure sensors’
limited area may not capture instantaneous pressure rises within the lubrication gap.
Ideally, the average pressure value of any pressure curve should be above or closely match
the carriage’s static pressure.

The results presented in this paper demonstrate that the pressure sensors effectively
measure the average oil film pressure, which closely approximates the carriage’s average
static pressure. However, if lubrication parameters are not properly selected, the average oil
film pressure can be significantly reduced, leading to less favorable outcomes. Additionally,
the number of lubrication grooves influences the accuracy of oil film pressure measurements.
To ensure the precise measurement of the oil film pressure, lubrication parameters are
optimized to ensure that the entire lubrication gap is fully lubricated before each stroke.

The sensors measure average pressure across the width of the slide; however, the
sensors still provide valuable information about the lubrication conditions of the hydrody-
namic slide. While the results demonstrate promising potential for monitoring lubrication
conditions, challenges such as air entrapment within the oil reservoir have been identified.
To address this issue, future research will focus on further improvement of the existing
lubrication system to ensure a reliable oil supply to the oil reservoir during measurements.
There is a possibility if the reservoir is attached to a pump (which is used for lubrication
through lubrication grooves) to obtain oil supply that fills the oil reservoir after each stroke.
However, a nonreturning valve should be installed between the pump and the oil reservoir
to prevent backflow toward the pump/tank during pressure measurement. The pressure re-
quirement to keep the oil reservoir filled is very small (1/10 of the small pressure measured
during operation) to avoid a large change in pressure measurement during operation.

The results outlined in this research are based on controlled laboratory experiments
that were conducted with adequate lubrication. Furthermore, future research will concen-
trate on optimizing the deployment of sensors, potentially reducing their quantity. The
objective is to utilize pressure sensors for the ongoing monitoring of linear guide lubrication
in machine tools, ultimately enhancing efficiency and dependability without depending on
float measurements.
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Abstract: Bearing life calculation is a well-researched and standardized topic for rotating operation
conditions. However, there is still no validated and standardized calculation for oscillating operation,
only different calculation approaches. Due to the increasing number of oscillating rolling bearings,
for example, in wind turbines, industrial robots, or 3D printers, it is becoming more and more
important to validate one of these approaches or to formulate a new one. In order to achieve this
goal, the damage mechanisms for oscillating operating conditions must first be analyzed in more
detail by means of experimental investigations. The open question is whether fatigue is the relevant
damage mechanism or whether wear damage, such as fretting corrosion or false brinelling, dominates.
The present work therefore shows under which oscillation angle and frequency fatigue occur in
oil-lubricated cylindrical roller bearings.

Keywords: bearings; oscillation; oscillating movements; wear; fatigue; rating life

1. Introduction

1.1. Motivation and State-of-the-Art

There are many applications where rolling bearings are used in oscillating movements.
The most prominent examples are pitch bearings in wind turbines [1,2] and joints in
industrial robots. However, bearings are also used in oscillating movements on a smaller
scale, for example, in 3D printers.

Although there have been more than 1000 tests with oscillating movements since
1964, there is still no standardized method for calculating the life of rolling bearings under
oscillating movements, only different calculation approaches [3,4]. The best-known current
approaches are those of Harris [5,6] and Houpert [7]. Another possibility is to convert
the oscillating movement into a continuous rotary motion and use the basic rating life
equation according to DIN ISO 281 [8]. The different approaches are briefly described
below. For a deeper insight into the various calculation approaches, the work of Menck is
recommended [9].

All calculation approaches are based on the standardized rating life calculation for
continuous rotary motion according to DIN ISO 281 (see Equation (1)). The relationship
between dynamic capacity C and equivalent dynamic load P is maintained, but the oscillat-
ing movement is taken into account in different ways. All approaches use the oscillation
angle ϕ, which is defined as the angle between the starting point and the return point of the
oscillatory movement. In addition, all approaches use the life exponent p in their respective
rating life equation LOsc, where p = 3 for ball bearings and p = 10/3 for roller bearings, as
defined in DIN ISO 281:

L10 =

(
C
P

)p
(1)
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1.1.1. Approach by Harris—Method 1

Harris introduces a modified load PRE that depends on the oscillation angle ϕ and the
life exponent pH, with pH = 3 for point contact (ball bearings) and pH = 4 for line contact
(roller bearings) [5]:

PRE =
( ϕ

180◦
) 1

pH · P (2)

PRE can be inserted into the basic rating life equation LOsc and gives the number of
oscillations in 106 cycles:

LOsc =

(
C

PRE

)p
(3)

1.1.2. Approach by Harris and Rumbarger—Method 2

A more recent approach by Harris and Rumbarger, specifically aimed at wind turbines,
introduces a modified load rating COsc and a critical oscillation angle ϕCRIT [6]. In this
context, ϕCRIT is the oscillation angle at which the loaded raceway areas touch but do not
intersect. As the following equations Equations (4) and (5) indicate, ϕCRIT depends on the
number of rolling elements Z, the contact angle α, the rolling element diameter Dw, and the
pitch diameter Dpw. In Equation (4), the upper sign (+) refers to the inner raceway and the
lower sign (−) refers to the outer raceway:

ϕcrit =
720◦

Z · (1 ± γ)
(4)

γ =
Dw · cos(α)

Dpw
(5)

For oscillation angles ϕ > ϕCRIT, the calculation of COsc is expressed as follows:

COsc =

(
180◦

ϕ

) 1
pH · C (6)

In Equation (6), the life exponent pH is, again, pH = 4 for roller bearings and pH = 3 for
ball bearings.

For ϕ < ϕCRIT, the calculation of COsc is differentiated for ball bearings (see Equation (7))
and roller bearings (see Equation (8)):

COsc =

(
180◦

ϕ

) 3
10 · Z0.033 · C (7)

COsc =

(
180◦

ϕ

) 2
9 · Z0.028 · C (8)

Again, COsc can be inserted into the basic rating life equation, which gives the number
of oscillations LOsc in 106 cycles:

LOsc =

(
COsc

P

)p
(9)

1.1.3. Approach by Houpert

Houpert changes neither the load rating C nor the load P, but introduces the oscillation
factor AOsc [7]:

LOsc = AOsc ·
(

C
P

)p
(10)
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The factor AOsc depends on the load zone parameter e and the oscillation angle ϕ.
However, the calculation is only valid for angles greater than 2π/Z and is complex due to
the calculation of the load zone parameter. For more information on calculating the load
zone parameter e and values for AOsc for oscillation angles between 10◦ and 90◦, see [7].
Recently, Houpert and Menck [10] corrected an error in the original calculation approach
that had come simultaneously to the attention of Menck as well as Breslau and Schlecht [11]
in 2020.

1.1.4. Approach with an Equivalent Speed n

Another approach, which can also be found in the catalogs of various rolling bearing
manufacturers, uses the oscillation angle ϕ and the oscillation frequency nOsc to form an
equivalent speed n that can be used in the basic rating life calculation according to DIN
ISO 281:

n = nOsc · ϕ

180◦ (11)

All calculation approaches based on the basic rating life calculation according to DIN
ISO 281 can be modified using the coefficient aISO to calculate the extended rating life.
However, the use of this calculation for oscillating movements is controversial because
lubrication cannot be guaranteed, especially with small oscillating movements and the use
of grease. As a result, the parameter for the lubrication condition (viscosity ratio) κ is less
than 0.1 under the usual operating conditions for oscillating movements [6]. According to
DIN ISO 281, this means that the calculation of the aISO factor is no longer valid [8].

1.2. Research Objective of This Paper

It has been shown that there are a large number of applications in which rolling
bearings are used under oscillating movements. However, there is no validated calculation
method, only various approaches, some of which differ considerably in their results. Most
of the current work focuses on the occurrence of wear during small oscillating movements
or vibrations. Particular attention is paid to the occurrence of false brinelling and stall
marks and their prevention by the use of suitable lubricants [12,13]. Studies on fatigue and
oscillating movements are rare and are limited to relatively large oscillation angles [14].

The research objective of this paper is therefore to investigate whether fatigue is possi-
ble with small oscillating movements and whether the calculation approaches presented
above are valid at all. For this reason, rating life tests are carried out for cylindrical roller
bearings under oil lubrication to determine if fatigue occurs as a failure mechanism.

2. Materials and Methods

2.1. Experimental Setup

The Chair of Engineering Design has built a test rig as part of an FVA project to investi-
gate the fatigue life of rolling bearings under small oscillating movements [15]. The WSBP
(Figure 1) is a custom test rig that allows four radial bearings to be tested simultaneously.
Cylindrical roller bearings (NU210) or deep groove ball bearings (6210) can be used as
test bearings.

The test shaft (see Figure 2a) is directly driven by a synchronous motor. Continuous
rotation or oscillation angles ranging from 0.1◦ to 360◦ are possible with an oscillation
frequency of up to 20 Hz. A worm gear screw jack generates the radial test load up to
a maximum of 60 kN. A recirculating oil lubrication system continuously supplies the
bearings with oil. At eight lubrication points between the bearings, each of the nozzle’s four
holes simultaneously lubricates the contacts between the outer ring and rolling element, as
well as between the inner ring and rolling element.
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Figure 1. WSBP test rig at the Chair of Engineering Design at FAU Erlangen-Nürnberg.

Figure 2. Test shaft with the position of the four test bearings (a), test bearing with the reduced
number of four rolling elements, and with the position of the contacts for the test bearings 1 & 4 and
2 & 3 (b).

Bearing and oil temperature, oil flow, and radial force can be measured and recorded.
In addition, an optical measuring system can measure slippage that might occur in the
outer test bearing #4.

The number of rolling elements in each test bearing is reduced to four (see Figure 2b).
They are arranged symmetrically, whereby only the two rolling elements at the bottom or
the top are loaded according to the radial load for each test bearing. The remaining two
rolling elements serve purely to guide the cage. This setup has several advantages: The
force that is required to achieve the intended contact pressure is reduced; moreover, even
at larger oscillation angles, the contact areas of adjacent contacts do not intersect, which
significantly improves the possibility of evaluating and analyzing the damage.
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2.2. Test Procedure, Plan, and Analysis

Screening tests with 100,000 oscillation cycles have shown that small oscillation angles
in the range of 2◦ to 5◦ at oscillation frequencies of 5 Hz to 15 Hz show little wear, so fatigue
is possible at a later stage [16]. For this reason, the oscillation angle ϕ was set to 3◦ and the
oscillation frequency to 10 Hz for the rating life tests performed in this work. Cylindrical
roller bearings (NU 210) by two different manufacturers were used. The Hertzian contact
pressure at the inner ring-roller contact was set to 3000 MPa in order to minimize test run
times. The shutdown criteria for the fatigue life test is the formation of a spalling. These
can be detected from a certain size via the deviation of the actual oscillation movement.

Prior to testing, unneeded rolling elements are removed and the bearings are cleaned
by hand with isopropanol. All tests are performed with FVA 3 oil at 30 ◦C at a total
flow rate of 4 L/min (0.5 L/min for each of the eight lubrication points). After testing, a
laser scanning microscope (Keyence VK-X200, Keyence Deutschland GmbH, Neu-Isenburg,
Germany) is used to evaluate and qualitatively assess the contact zone/track (see Figure 3c).

 

Figure 3. Oscillation angle ϕ (a), oscillation path x and contact track (b), and typical contact track
with its two reversal points on the raceway (c).

The aim was to generate as many failures as possible due to fatigue and to compare
the experimental rating life with the theoretical rating life. In addition, it should be clarified
whether “classical” sub-surface or surface-initiated fatigue occurs.

Table 1 shows the characteristics of the test bearings and the test parameters. For
the purpose of life calculation, each contact is considered as an individual bearing. This
is possible because the individual contacts do not intersect during the small oscillating
movement. The advantage of this is that with the four test bearings, eight contacts can be
considered individually in the life calculation. In addition, the dimensionless x/2b ratio is
specified, which indicates the oscillation path x in relation to the semi-minor half-axis b of
the contact ellipse. The ratio facilitates the comparison of different bearing types and sizes.

143



Lubricants 2024, 12, 271

Table 1. Overview of NU210 test bearing and test parameters.

Pitch diameter Dpw 70.48 mm

Rolling element diameter Dwe 10.98 mm

Rolling element length l 11.4 mm

Number of rolling elements Z 1 (for calculation)

Dynamic load capacity Cr 8.46 kN

Oscillation angle ϕ 3◦

Oscillation frequency 10 Hz

Oscillation path x IR 0.779 mm

x/2b IR 1.91

Figure 3 shows the oscillation angle ϕ and the oscillation path x on the raceway result-
ing from the oscillation movement as a rendering. Figure 3c shows a typical contact track
on the actual raceway. It consists of the two reversal points of the oscillation movements,
which correspond to the shape of the Hertzian contact ellipse.

3. Results

A total of eight rating life tests were performed, in which a total of over 135 million
oscillation cycles were completed. This corresponds to a pure test duration of 157 days. In
addition, further tests were carried out with cylindrical roller bearings at a lower contact
pressure and with deep groove ball bearings to validate the results. In total, more than
289 million oscillation cycles were performed.

Table 2 lists all the test runs, including the bearing type (cylindrical roller bearing,
CRB, or deep groove ball bearing, DGB), the Hertzian pressure at the inner ring-roller
contact, and the number of oscillation cycles until failure. It is also indicated on which
bearing inner or outer ring the damage has occurred.

Table 2. Overview for all tests with bearing type, Hertzian pressure, number of oscillation cycles,
position of failure at inner-ring (IR) or outer-ring (OR), which bearing and contact failed, and which
manufacturer was used.

Name ZRL/DGB Hertzian Pressure in MPa
Number of

Oscillation Cycles
Failure at IR or OR Manufacturer

RV1 CRB 3000 8,968,438 OR 3_1 A

RV2 CRB 3000 21,893,705 OR 3_1 A

RV3 CRB 3000 16,436,337 OR 3_1 A

RV4 CRB 3000 15,796,133 OR 4_1 A

RV5 CRB 3000 19,427,977 OR 3_1 A

SV1 CRB 3000 34,209,108 IR 2_2 B

SV2 CRB 3000 11,170,668 IR 3_1 B

SV3 CRB 3000 7,653,117 IR 2_2 B

AV1 CRB 2500 24,300,000 - B

AV2 CRB 2500 23,900,000 OR 1_1 B

AV3 CRB 2500 43,000,000 - B

AV4 CRB 2500 47,000,000 - B

RV1 DGB 3000 15,280,000 IR 2_1 B
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It should be noted that the test run was shut down as soon as damage was detected.
Damage is detected via the drive motor control: As soon as the actual oscillation angle
deviates from the specified oscillation angle and an increase in the frictional torque occurs
at the same time, damage has occurred. While in theory, all eight contacts could fail at the
same time, in reality, damage always occurs on one of the eight contacts first. Due to the
subsequent shutdown, only one of the eight contacts failed in the following tests.

3.1. Rating Life Tests RV 1 to SV 3

Rolling bearings from two different manufacturers were used for the rating life tests.
In principle, the observed failures are very similar for both manufacturers, though the
location of the failures differs. While the failure is mainly localized on the outer ring for
manufacturer A, it is mainly located on the inner ring for manufacturer B.

In tests RV 1, RV 2, RV 3, and RV 5, bearing 3 failed due to a spalling at contact 1 of the
outer ring. In test RV 4, bearing 4 failed at contact 1 of the outer ring due to a spalling.

In tests SV 1 and SV 3, a spalling occurred at the inner ring contact 2 of bearing 2. Test
SV 2 failed due to a spalling at the inner ring contact 1 of bearing 3.

The location and shape of the observed spalling are similar for all tests. The spalling is
located at the outer end of the contact track in all tests (see Figure 4). The spalling runs at an
angle of approx. 45◦ from the surface into the depth (orthogonal to the oscillation direction).
The deepest point is characterized by a course of almost 90◦ to the surface, which can be
observed in particular in the spalling on the inner ring. In addition, a kind of elevation can
be observed in the center of the spalling, which corresponds to the center of the oscillation
movement. This elevation can be measured, but is also very easy to recognize optically (see
Figure 5).

 
Figure 4. Contact trace of the RV 3 bearing 3 contact 1 OR with a spalling.

The remaining contact track shows a strong reddish discoloration due to hematite
formation as well as a bluish tribological layer formation due to metal particles and higher
local pressure. It should be noted here that the spalling is not usually detected immediately,
but only shuts down approx. 500,000 cycles later.

The shape and location of the spalling can be explained by a surface-initiated crack
formation that occurs at the outer end of the contact track. Cyclic loading causes the crack
to grow in depth, resulting in the observed spalling. This can also be confirmed by crack
formation in this and other tests in which cracks were observed at the transition from the
contact track to the unloaded raceway (see Figure 6).

Looking at tests RV 1, RV 2, RV 3, and RV 5, it is noticeable that the fault occurs on
the same contact, in bearing 3 on contact 1. Basically, the probability of a particular contact
failing is 1/8, as there are a total of 8 contacts that can fail, and the first failure is followed
by a shutdown. At first sight, it seems very unlikely for all four attempts to fail on the same
contact, though possible explanations can be given. One of them is the design of the test
rig. As bearings 2 and 3 are used to apply the force, those will definitely receive the full
test load. Bearing 1, on the other hand, is positioned next to the motor bearing, raising
the possibility that the motor bearing receives a fraction of the test load. In addition, the
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contacts of bearings 2 and 3 are at the upper position, so that they are lubricated only by
the injected oil, while the contacts of bearings 1 and 4 are located at the bottom position,
where an oil bath is formed.

Figure 5. Right end of the contact trace of the SV 2 bearing 3 contact 1 IR with a spalling.

 
Figure 6. Contact trace of the SV 3 bearing 3 contact 1 IR with cracks in the surface.

146



Lubricants 2024, 12, 271

Additional tests must therefore be carried out to check and verify that the occurring
failure mechanism is indeed fatigue damage and not a localized exceeding of the yield
point due to tilting of the rolling elements or deflection of the shaft. For this purpose, tests
with deep groove ball bearings and tests with cylindrical roller bearings were carried out at
lower Hertzian pressures.

3.2. Check #1 with Deep Groove Ball Bearings: Is Tilting the Cause of the Damage?

A simple verification was carried out to rule out possible tilting of the rolling elements.
Deep groove ball bearings were used as test bearings, where tilting of the rolling elements
is not possible due to their design. The tests were carried out with identical test parameters
(oscillation frequency, oscillation angle, and Hertzian pressure). Several tests were carried
out, whereby a random shutdown occurred in one test after approx. 15 million oscillation
cycles. This shutdown proved to be a stroke of luck, as crack formation and the start of
crack propagation could be observed in its initial stage (see Figure 7).

 

Figure 7. Crack formation and beginning of a spalling at the edge of the contact track.

Of particular interest is the location of the crack formation, which is located directly at
the transition from the contact track to the unloaded raceway.

This suggests that a similar damage mechanism can also be observed in deep groove
ball bearings, as has already been observed in cylindrical roller bearings. As the failure
was again on one of the two center bearings, it is necessary to ascertain whether the radial
bearing test rig design results in a significantly increased test load on the center bearings,
which may lead to premature non-fatigue damage. Additional tests were performed with a
reduced contact pressure to address this concern.

3.3. Check #2: Is the Damage Still Present at Lower Hertzian Pressures?

In these tests, the Hertzian pressure in the inner ring-rolling element contact was
set at 2500 MPa. The lower contact pressure results in a significantly longer theoretical
rating life and also a significantly longer actual test rating life. A total of four tests were
performed. Unfortunately, three out of four tests had to be canceled before any damage
occurred, due to a failure of the motor bearing or a power failure at the building as a result
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of unannounced maintenance work. Regrettably, a restart at the identical contact point is
not possible on the test bench due to its design.

As a result, there was only one test, which ran until it failed due to a spalling at
bearing 1 contact 1 on the outer ring. This is particularly interesting, as the bearings from
this manufacturer have only ever failed on the inner ring and there is a lower pressure
of approx. 2150 MPa on the outer ring. The combination of the lower pressure and the
position on the outer ring supports the assumption that this is a fatigue failure, rather than
a different type of failure due to a localized increase in stress.

4. Discussion

The results show that fatigue can occur as a failure mode for rolling bearings under
small oscillating movements. This was demonstrated for both line and point contacts at a
pressure of 3000 MPa and an oscillation angle of 3◦ at an oscillation frequency of 10 Hz. It
should be noted that these are oil-lubricated bearings.

To compare the theoretically calculated rating life with the actual rating life, the actual
rating life must first be determined. For this purpose, the experimental rating life B10 is
calculated for a 10% probability of failure using the failure times of the eight rating life tests
(RV 1-5 and SV 1-3) and a 2-parametric Weibull distribution. This results in an experimental
rating life of B10 = 16.99 × 106 oscillation cycles (see Figure 8).

Figure 8. Two parametric Weibull plots for the tests RV 1-5 and SV 1-3 with 8 failures (data points)
and 90% confidence boundaries.

For a conservative estimate of the theoretical rating life, the calculation model that
produces the highest rating life is used, in this case, the Approach with an equivalent speed n.
This results in a rating life of L10 = 14.03 × 106 oscillation cycles for an oscillation angle of
3◦. As a further part of the conservative estimate, only the nominal rating life is calculated,
as the aISO factor (aISO = 0.2 for the operating conditions present here) would only lead to a
further reduction in the theoretical rating life.

The results show that the experimental rating life B10 determined in the test exceeds
the theoretical rating life L10. Thus, with good lubrication conditions and a sufficiently large
oscillation angle, a conservative estimation of the service life is possible using the calcula-
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tion of the theoretical service life with the existing calculation approaches for cylindrical
rolling bearings.

The accumulation of failures in test bearing 3 is striking. However, the validation tests
demonstrated that these failures were always due to fatigue and not a localized exceeding
of the yield point. One potential explanation for the number of failures is that the load on
test bearing 3 is greater than on the other test bearings, which increases the probability of
failure due to fatigue damage. This is not a critical issue, as the theoretical rating life would
be reduced if the higher load were taken into account. Consequently, the experimentally
determined rating life is still higher than the theoretical rating life.

The tests have therefore shown that fatigue is indeed occurring. However, it has
not yet been conclusively clarified whether it is surface-initiated or classic sub-surface
fatigue. The results indicate that the cracks are surface-induced and originate directly in
the transition from the contact track to the unaffected part of the track. Unfortunately, an
evaluation of various microsection analyses has not yet been successful, so this is still a
hypothesis that needs to be finally verified with FIB sections or other methods. This should
be the focus of further work.
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Abstract: Resource and energy efficiency are of high importance in gearbox applications. To reduce
friction and wear, an external lubricant supply like dip or injection lubrication is used to lubricate
tribosystems in machine elements. This leads to the need for large lubricant volumes and elaborate
sealing requirements. One potential method of minimizing the amount of lubricant and simplifying
sealing in gearboxes is the self-lubrication of tribosystems using oil-impregnation of porous materials.
Although well established in low-loaded journal bearings, self-lubrication of rolling-sliding contacts
in gears is poorly understood. This study presents the self-lubrication method using oil-impregnated
porous sinter material variants. For this, the tribosystem of gear contacts is transferred to model
contacts, which are analyzed for friction and temperature behavior using a twin-disk tribometer.
High-resolution surface images are used to record the surface changes. The test results show a
significant increase in self-lubrication functionality of tribosystems by oil-impregnated porous sinter
material and a tribo-performance comparable to injection-lubricated tribosystems of a sinter material
with additionally solid lubricant added to the sinter material powder before sintering. Furthermore,
the analyses highlight a significant influence of the surface finish, and in particular the surface
porosity, on the overall tribosystem behavior through significantly improved friction and wear
behavior transferable to gear applications.

Keywords: gearbox; sinter material; oil-impregnation; self-lubrication; EHL; tribology; friction

1. Introduction

Gearboxes are widely used in mechanical engineering due to their versatility in terms
of performance class, transmission ratio, and axis positions. They offer a simple yet reliable
and efficient design, making them suitable for various applications, including industry,
automotive engineering, aerospace, or wind turbines. A liquid-lubricated gearbox consists
of machine elements, including gears, bearings, and seals, as well as lubricants and the
housing. The use of liquid lubricants reduces power losses during operation and increases
lifetime by separating the surfaces in tribological contacts by a hydrodynamic lubricant film,
enabling low friction and good heat transfer. Integrating the required lubricant volume
for contact lubrication into the pores of a sintered component can significantly simplify
or even eliminate the lubrication and sealing system, thereby reducing no-load gearbox
power losses, weight, and the risk of oil leakage [1].

Commonly used gearbox lubrication methods are dip lubrication, such as in grease or
oil sumps, and injection lubrication, including interval or continuous, circulating, or loss
lubrication. The selection of a lubrication method for a gearbox depends, among various
factors, on the type of gear, the power loss, the prevailing speed, the type of lubricant,
the lubricant supply to tribological contacts, and the lifetime requirements. The lubrica-
tion methods presented are used in applications from low to high loads and speeds in
continuous and intermittent operation [2,3]. The back-coupling of hydrodynamics with
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elastic deformation of rolling-sliding elements results in elasto-hydrodynamically lubri-
cated (EHL) contacts [4]. In self-lubricating EHL contacts with oil-impregnated sintered
rolling-sliding components, similar to the human knee joint [5], compression of the pore
structure causes oil to extrude out, lubricating the contact.

Self-lubrication is already used in low-load applications, such as sintered journal
bearings or roller-bearing cages, whose porous structures serve as oil reservoirs [6]. For
example, the use of sintered journal bearings is standardized by ISO 2795/DIN 1850 III [7].
The formation of an oil film in such self-lubricating contacts is affected by the flow of oil
from the pore reservoir in the component and its exposed surface and vice versa. The
flow is determined by a number of factors, including centrifugal force as a function of
rotational speed, oil viscosity [8], surface roughness [9], diffusion due to concentration
gradients [10], capillary flow, and the different thermal expansion of porous solid material
and oil. Additionally, the compression or deformation behavior of the material [11,12] and
the operation-induced pressure fluctuations [13] must be considered. In their studies of
oil-impregnated sintered bearings, Roberts [8] and Fote et al. [9] identified surface porosity
and oil viscosity as significant factors affecting journal-bearing lubrication. For example,
surface treatments such as grinding can cause covering of the pores necessary for oil flow,
thereby reducing the porosity-dependent permeability. Also, the polarity and viscosity of
the oil can affect the surface tension, thereby influencing the flow of oil into and out of the
porous surface. The studies of centrifugal force by Marchetti et al. [11,12] also show that no
oil is extruded below a pore-structure-dependent threshold. For sintered journal bearings,
the lubricant flow in the porous material is described by the effect of self-circulation: Oil
is intruded into the porous material at the contact area under high pressure, while oil
can extrude from the material in unloaded areas. Also, concentration differences result
in compensating flows within the porous structure [14,15]. In porous journal bearings,
oil extrusion is particularly affected by the surface porosity. Dizdar [16] and Lipp [17]
define the transition zone from open to closed porosity at a density of the porous matrix of
ρ = 7.1–7.2 g/cm3. In open porosity, the surface pores are mostly directly connected to
the inner porous body, allowing the resulting channels to transport oil into and out of the
porous material [18]. Oil-carrying pores of various sizes are randomly distributed on the
surface, resulting in locally inhomogeneous hydrodynamic oil film formation and load
distribution in the tribological contact. Li and Olofsson’s [19] investigations of externally
lubricated sliding contacts with sintered bodies demonstrate the correlation between the
measured coefficient of friction and wear and pore size. According to Balasoiu et al. [20],
increased oil permeability leads to increased oil extrusion but decreased surface load-
carrying capacity.

The use of powder metallurgical sinter materials offers the possibility of economically
producing near-net-shape parts with high durability. The thermomechanical properties are
mainly determined by the density and pore structure of the sintered component [21], which
are adjusted by the powder raw material and process conditions. In direct comparison with
solid steel, sinter materials often exhibit poorer mechanical properties such as lower tensile
strength, fatigue strength, ductility, and stiffness with increasing porosity [22]. However,
Ebner et al. [23,24] transferred in their pioneering works the known self-lubricating tri-
bosystem of oil-impregnated sinter materials to highly-loaded EHL rolling-sliding contacts,
prevailing in gears and roller bearings. When considering highly loaded contacts, the lubri-
cant flow driving causes are analogous to those reported for journal bearings. These include
centrifugal force, elastic deformation of the contact partners, and thermal expansion of the
oil due to frictional heat production during operation [25]. Transferring the knowledge of
the self-lubrication mechanism, the general functionality of the system with porous sinter
materials is confirmed using an optical tribometer and a twin-disk tribometer, as well as
accompanying tribosimulation. The best functionality of self-lubrication is demonstrated
with case-hardened sinter material density of ρsinter = 7 g/cm3 [26], whereas the operating
behavior is characterized in stable, metastable, and unstable conditions by a stability coeffi-
cient Ξ determined by the in-/decreasing or stationary trends of the measured friction and
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temperature [25]. Further, Ebner et al. correlated the operating behavior with the global
and local surface porosity of the test specimens and the impregnated oil. In most cases, the
tribosystem runs in severe mixed lubrication regimes, determined with contact resistance
measurements. The investigations reveal cases of starved lubrication, where the amount
of oil is not sufficient to form a lubricant film thickness as high as in the case of external
lubrication [27]. Further, investigations using optical interferometry by Omasta et al. [28]
show the local formation of a lubricant film on porous surfaces, which has a thickness of up
to 40% compared to external lubrication. An ISO viscosity grade (VG) of 100 with friction
modifier additives such as plastic deformation additives has proven to be the most suitable
for self-lubricating tribosystems with severe mixed lubrication [29]. Nevertheless, the EHL
tribosystems tend toward failure within specific load and speed limits due to reaching their
thermal limits, in particular because of the avoidance of the heat convection due to external
oil volumes.

Zhang et al. [30], Rabaso et al. [31], and others ([32,33]) investigated the friction and
wear-reducing effects of molybdenum (Mo) and tungsten (W) nanoparticles as oil additives
in sliding contacts in a vacuum atmosphere. In addition, Zhu et al. [34] reviewed the
friction and wear resistance benefits. Vazirisereshk et al. [35] showed in their review
limitations of coatings and composite materials, including MoS2 and WS2, and identified
current applications such as journal bearings or sealings especially suited for operations in
aerospace, with extremely low or high temperature or radioactive surrounding, and also
highlighted the oxidation tendency in humid oxygenic environments. Among others (e.g.,
Kovalchenko et al. [36]), Dhanasekaran et al. [37] mixed solid lubricant MoS2 powder into
the sinter material powder mixture (here: Fe-C-Cu) during the sintering process for a dry-
lubricating sintered structure, achieving with an addition of <5% of MoS2 in the reference
material decreased friction in pin-on-disk tests compared to non-compound dry-running
material variants, by showing similar to better mechanical properties in terms of strength
and wear resistance.

The literature on self-lubricating oil-impregnated sinter materials indicates that it is
necessary to properly design the porosity and its distribution as well as the oil properties.
For self-lubricating oil-impregnated machine elements with low-load applications like in
journal bearings, the compromise between a supportively higher porosity of the tribosystem
partners for oil extrusion for lubricant film formation within the tribocontact and a lower
porosity for oil intrusion out of the tribocontact back into the porous structure in order to
achieve the required stable operating conditions within a broad transmittable power is
already found. To increase the power density of self-lubricating oil-impregnated machine
elements for high-load applications like cylindrical gears, suitable material pairings with
sufficient mechanical properties as well as frictional and thermal behavior are determined
in this study by, e.g., varying the amount of oil-supplying oil-impregnated EHL tribosystem
partners. Further, as self-lubricating tribosystems primarily operate in severe mixed lubrica-
tion regimes with comparable smaller lubricant film thicknesses, the oil intrusion inhibiting
and the relative film thickness increasing effect of the surface needs to be controlled by
adjusting, next to the surface roughness, the surface porosity due to surface finishing, which
is evaluated in this study as well. Because of the thermal limitations due to the limited heat
removal from the tribological contact, further tribological performance increasing effects
such as the solid-friction reducing effect of solid lubricants have to be implemented in the
self-lubricating EHL tribosystem, which are investigated first within this study. To finally
increase the power density of the self-lubricating EHL tribosystem with oil-impregnated
sinter materials, material–surface variants are systematically investigated in this study
regarding their influence on the frictional performance at various operating conditions.
Also, the stability of the operating behavior as well as of the material and surface condition
alteration with further operation progress are analyzed to find suitable specifications of
the EHL tribosystem with reduced frictional power loss and proper durability to enhance
the performance of self-lubricating materials at higher loads and speeds. To summarize,
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this study investigates, in an experimental approach, the influence of material pairing and
surface finish on frictional and thermal behavior.

2. Materials and Methods

The section below describes the materials and methods to generate the results of this
study. First, the material and surface variants of the test specimens are introduced. Second,
its testing on the twin-disk tribometer is described. Third, the measurement procedure and
the analysis of the results are outlined.

2.1. Specimen

The materials for the self-lubricating EHL tribosystems investigated in this study are
16MnCr5, a conventional case-hardening steel (hereafter referred to steel), and variants
according to DIN-30910 [38] open-pore sintered metal, Sint-D31 (hereafter referred to
as sinter). The mechanical material properties are given in Table 1. The sintered test
specimens were produced in three material variants according to DIN EN ISO 5755 [39]
and consist of conventional case-hardened P-FL-05M1 sinter material (sinterref), solid
lubricant-alloyed case-hardened P-FL-05M1 sinter material (sintersl) with an addition
of 2% of molybdenum sulfide MoS2 and tungsten sulfide WS2 solid lubricant additives
in the powder mixture, which does not affect the mechanical properties regarding, e.g.,
Young’s Modulus, and plasma-nitrided P-FL-05Cr3M sinter material (sinterpni). Nearly
homogeneous pore distributions and isotropic material properties can be achieved through
standard-compliant production in the axial press sintering process. The sintered metal test
specimens have a density of ρ = 7 g/cm3, which Ebner [25] classified as the most functional
for the self-lubricating EHL tribosystems, resulting in an open porosity (Φ = 10%). During
the manufacturing process, each material underwent a quality assurance measurement of
density to ensure repeatability and consistency in global porosity. The porosity requirement
is derived from a trade-off between material properties (particularly strength and hardness)
and a maximum pore volume for oil storage.

Table 1. Mechanical properties of the considered materials.

Material
Young’s Modulus E

in GPa
Poisson’s
Ratio ν

Surface
Hardness

Density
ρ in g/cm3

steel 210 0.30 745 HV5 7.8
sinterref/sl 130 0.27 755 HV5 7.0
sinterpni 140 0.27 785 HV5 7.0

The specimen geometry is shown in Figure 1. The materials used are machined from
a cylindrical blank to the target geometry for test purposes. The rolling-sliding contact is
formed by the contact of two specially machined cylindrical disks of width leff = 5 mm and
radius R = 40 mm (see Sections 2.2 and 2.3). Based on reference surfaces in a longitudinally
ground state with a parallel relative orientation to the running direction, various surface
finishes (see surface images made with a Leica M205A from Leica Microsystems GmbH
(Wetzlar, Germany) encoded stereo microscope in Table 2) are tested to investigate the
influence of the surface on the self-lubricating EHL tribosystem. To consider the transfer
to gear contacts in particular, axially ground disks are considered, as they represent the
characteristic surface structure of a gear contact with conventionally ground tooth flanks
with a surface structure perpendicular to the rolling-sliding direction. The arithmetic mean
roughness Ra of the surface variants used is ≤0.25 μm for longitudinally and axially ground
and non-finished at sinterpni, ≤0.10 μm for superfinished, and ≤0.01 μm for polished.
Surface roughness measurements were performed using the profile method according to
DIN EN ISO 13565 1-3 [40], measured with a length of Lt = 4.0 mm transversely to the
current surface structure orientation and a cut-off wavelength of λc = 0.8 mm.
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Figure 1. Specimen geometry and section images of the porous sinter material variants.

Table 2. Surfaces of the considered specimen.

Longitudinally
Ground (lgr)

Axially
Ground (agr)

Superfinished
(suf)

Mechanically
Polished (mpo)

Plasma
Nitride (pni)

For self-lubrication tests, the sintered specimens were impregnated with oil using a
pressure impregnation device (see [25]). The theoretical maximum impregnation quantity
of a component is mmax ≈ 2 g and can be determined according to [25] from the porosity
volume Vpor and the density of the designated oil ρoil = 0.849 g/cm3. Vpor is set at approxi-
mately 10% of the specimen volume Vspe = 24.2 cm3 through a validated manufacturing
process (see Equations (1) and (2)). The impregnability of sintered components depends
mainly on the porosity distribution inside the material and on the surface, the radius of
the pore channels (equivalent to capillaries), the oil properties like viscosity, and the envi-
ronmental conditions, e.g., process pressure during impregnation and temperature [41,42].
Since the pore network is randomly distributed and, according to Lados et al. [43], there
may be isolated or hard-to-reach pores, the measured impregnation quantity moil is lower
than mmax. The impregnation amount moil of all specimens is consistently lower than the
theoretically possible impregnation amount mmax, ranging from moil = 1.501 g to = 1.863 g.
The average oil impregnation amount across all tests is moil = 1.671 g, corresponding to
an impregnation degree of χimp ≈ 75%. Prior to weighing, the oil-impregnated specimens
are cleaned with a compressed air pistol and dry tissues for the surfaces, as well as cotton
swabs for the small bore of the Pt100 and for sharp edges.

Vpor = 0.1·Vspe (1)

mmax = Vpor·ρoil (2)

155



Lubricants 2024, 12, 259

The test oil PAO100+PD used is a synthetic oil based on polyalphaolefin. It is a fully
formulated oil of the ISO VG 100 class with a plastic deformation (PD) additive. The PD
additives belong to the class of friction modifiers, which provide solid friction-reducing
properties [44] through the tribo-induced reaction of additives with metallic surfaces. The
oil data can be found in Table 3.

Table 3. Data of the considered oil PAO100+PD [45].

ISO VG
Density ρoil at 15 ◦C

in kg/m3
Kin. Viscosity η40◦C

at 40 ◦C in mm2/s
Kin. Viscosity η100◦C

at 100 ◦C in mm2/s

100 849 105.0 15.7

2.2. Test Rig

The experimental tests in this study were conducted using a twin-disk tribometer,
which was also used by Ebner et al. (e.g., [23,25]) to investigate self-lubricating rolling-
sliding contacts. Figure 2 shows a schematic of the mechanical configuration of the twin-
disk tribometer. The description and formulations presented here are based on the publica-
tions of Ebner et al. [23] and Lohner et al. [44].

Figure 2. FZG twin-disk tribometer according to Ebner [23] and disk pairs used for the tests of this
study.

A normal force FN is applied to the disk contact by a pneumatic cylinder mounted
at the end of a pivot arm. The lower disk is mounted in a skid that is attached to the
frame by thin steel sheets. The skid is laterally supported by a load cell, which mea-
sures the frictional force FR in the disk contact as a reaction force of the operating con-
ditions in the contact. The maximum load that can be applied on the disk contact is
FN = 16 kN, resulting in individual pressure depending on the disk geometry and material.
The maximum sum velocity is vΣ = 12 m/s. In this study, the upper disk (v2) rotates at
a speed that is either the same or faster than the lower disk (v1), both of which rotate
with a speed between 2 m/s and 8 m/s, depending on the test method (see Section 2.3).
Based on the considered normal loads, the calculated Hertzian pressure pH in the disk
contact is between 600 N/mm2 and 1.043 N/mm2. Within this study, the upper disk (v2)
rotates at a faster speed than the lower disk (v1). The measurands are the normal force
(FN), the frictional force (FR), the surface velocities of the lower and upper disk (v1 and v2)
derived from the measured shaft speeds, and the bulk temperature (ϑM) of the upper test
disk. ϑM is measured 5 mm below the disk surface using a Pt100 resistance temperature
sensor, whose signal is transmitted from the rotating shafts via a mercury rotary signal
transmitter and whose signal is transformed to a voltage signal in a Wheatstone Bridge
after the transmitter. The location of the Pt100 sensor is selected as a compromise in order
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to obtain the temperature of the surface region as closely as possible, but also to ensure that
there is sufficient distance between the sensor and the surface to prevent any interference
with the contact stiffness and material strength when the disk is loaded. For evaluation, the
bulk temperature measurement can be utilized to determine the level of dissipated energy
and, thus, the frictional behavior of the tribosystem. Before each test, the contact pattern
is carefully evaluated to ensure an evenly distributed load during the line contact of the
disks, and any misalignment is mechanically corrected. To analyze the frictional behavior,
the coefficient of friction (CoF) μ is determined from the measured friction force FR and
normal force FN at the disk contact. According to Vojacek [46], the considered twin-disk
tribometer has an accuracy for measuring μ of Δμ = 0.0025.

v∑ = v1 + v2 (3)

s = ((v1 − v2)/v1)·100% with v1 < v2 (4)

μ = FR/FN (5)

For a comparative test with external lubrication, an injection-lubrication unit is used.
Thereby, the PAO100+PD oil is injected directly into the contact inlet with a volume flow
rate of

.
V = 1.5 L/min at ambient oil temperature (ϑoil = 25 ◦C) without any temperature

regulation. For all measurements, the disk pair of a longitudinally ground, oil-impregnated
sinterref disk with a longitudinally ground steek disk was established as the reference
system. The experimental procedure outlined in Section 2.3 also includes other material–
surface combinations to evaluate the influence of lubrication methods, material pairing,
solid lubricant addition, and surface condition.

2.3. Test Method

The test method involves two steps under line contact conditions at the twin-disk
tribometer (see Section 2.2), first starting with measuring friction curves of self-lubricating
oil-impregnated sinter material and surface combinations compared to conventional injec-
tion lubrication, followed by long-term operation tests to evaluate the operating stability
for stationary operating systems.

2.3.1. Friction Curves

For all tests, two new disk pairs with identical specifications are used. Prior to each test
under self-lubrication, an initial oil volume of Vinit = 0.02 mL is applied to the dry tissue-
cleaned contact surfaces to prevent initial damage during running-in. The measurements
with injection lubrication are carried out with an initial oil temperature at ϑoil = 25 ◦C. All
measurements are started at disk bulk temperatures ϑM ≈ ϑambient with a running-in of
t = 60 s without an imposed pressure pH < 500 N/mm2 at moderate speed vΣ = 1 m/s
and s = 2%. While testing, termination criteria are used to detect possible failures of a disk
pair. These criteria are a bulk temperature ϑM greater than the critical bulk temperature
ϑcrit > 140 ◦C or a CoF μ greater than the critical CoF μcrit > 0.12. Light microscopy images
of the specimen surfaces are captured before and after the tests to evaluate the lubricating
effect and the corresponding surface alteration. The disk pair of a longitudinally ground
sinterref disk impregnated with the PAO100 with a longitudinally ground steel disk was
established as the reference tribosystem for all measurements.

The friction curves are measured at operating points with a constant pressure of
pH = 600 N/mm2 and different sum velocities v∑ = {2; 4; 8} m/s. Each measurement at
a sum velocity is made at discrete, increasing slip ratio s = {0; 2; 5; 10; 20; 30; 40; 50}%.
The measurements with each disk pair are repeated once, with the 2nd measurement
taken without re-impregnation of the sinter disk with oil. The repeatability of the two
measurements is also analyzed to investigate the difference in the tribological behavior
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of a variant. Therefore, a repetition test is performed with a 2nd new disk pair, and both
initial and subsequent measurements are made. Each operating point on the friction curve
is maintained until quasi-stationary operating conditions are reached. An operating point
is considered quasi-stationary when the bulk temperature difference ΔϑM remains within
ΔϑM < 1 K for a period of t = 60 s. If a stationary operating condition is achieved, the
average of the measurement data from the last t = 30 s is used. To evaluate the tribological
behavior, μ as well as ϑM is plotted for each sum velocity vΣ at each prevailing slip ratio s.
The measurements are started with the lowest sum velocity vΣ, starting with pure rolling at
s = 0% at disk bulk temperatures ϑM close to ϑambient. Then, as the system reaches a
stationary operating point, the slip ratio s is gradually increased. The friction curve for the
next higher sum velocity vΣ is run after cooling the system back to ϑambient. The procedure is
continued until all operating points have been investigated or until a termination criterion is
reached. To achieve the objectives of this study, the experiments are performed sequentially
with the following structure:

• Demonstration of the functionality of self-lubricating rolling-sliding contacts across
a wide range of operating points and comparison with injection-lubricated rolling-
sliding contacts.

• Determination of the tribologically optimal number of oil-impregnated elements in a
self-lubricating rolling-sliding contact.

• Investigation of the influence of surface condition and finish on self-lubricating rolling-
sliding contacts.

2.3.2. Long-Term Tests

In the long-term operation tests, constant operating points are maintained. Hereafter
referred to as the reference operating conditions, the operating point at a pressure of
pH = 1043 N/mm2, a sum velocity of v∑ = 4 m/s, and slip ratio of s = 20% is used for
evaluation of the test results. The maximum duration of the tests is t = 48 h, which
corresponds to a maximum load cycle number N2 ≈ 1.2 m on the faster rotating disk,
provided that the automatic shutdown mechanism does not terminate the test prematurely
due to reaching the termination criteria ϑcrit or μcrit. The repeatability of the long-term
test results is indicated by the maximum difference of μ or N2 of the first and a repetition
test performed with a 2nd new disk pair. To further investigate the study’s objectives, the
long-term operating tests are conducted as follows:

• Demonstration of long-term durability of self-lubricating contacts and comparison
with injection-lubricated contacts.

• Investigation of the influence of surface finish on the frictional and stress behavior in
self-lubricating contacts.

• Investigation of the improvement of the frictional behavior in self-lubricating contacts
through solid lubricant additives in the sinter material.

• Determination of the performance of self-lubricating contacts under higher load and
speed.

• Evaluation of the transferability to gear applications with typical tooth flank surfaces.

The measurements of each variant are examined immediately after the running-in. The
test run is conducted intermittently in order to enhance the detection of surface alterations
of the upper disk after a defined number of load cycles N2, using the Infinite Focus Sensor
R25 from Alicona Imaging GmbH (Raaba, Austria), an optical measuring device based
on the principle of focus variation for high-resolution surface imaging. The number of
load cycles between two surface measurements is shorter at the beginning of the tests
to document the running-in-like process of the first load cycles and increases after each
measurement. An overview of the measurement intervals, expressed in terms of load
cycle numbers and the corresponding times in hours, is presented in Table 4. During the
intermittent measurement intervention, the system is interrupted for t < 5 min to prevent
excessive cooling of the bulk temperature ϑM. The surface measurement of the upper disk
captures individual areas in the shape of a square with an edge length of a = 1 mm and a
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20-fold magnification to analyze the local surface condition. To obtain a global qualitative
impression of surface alteration across the entire disk width from the composite local
images, six overlapping surface images are taken along the direction of the cleaned area
from one disk edge to the other. In this study, the surface image in the middle of the upper
disk width is evaluated. Moreover, an expert qualitatively evaluated a surface area in the
middle of the upper disk width using the optical appearance of pores in 2D images and the
matching geometrical hole-like shape of pores in 3D topography measurements.

Table 4. Intermittent measurement intervals during long-term operation tests.

Measurement Intervals

Load cycle number N2 >2.5 k >10 k >30 k <100 k >250 k >750 k >1200 k

Time t in h 0.08 0.33 1 3 8 24 48

Each test run is evaluated by its levels and differences of friction μ and bulk tem-
perature ϑM as well as its operating behavior coefficient Ξ according to Ebner [25]. The
operating behavior coefficient Ξ is calculated by the division of the load cycles during the
longest test sequence, with a maximum difference of the minimum and maximum of μ
being smaller than Δμ < 0.005, and the load cycles for the whole lifetime of the disk pair.
An operating behavior is defined as unstable when the load cycle of the upper disk for the
whole lifetime is N2 < 0.25 M, as metastable when N2 > 0.25 M and Ξ < 0.40, and stable
when N2 > 0.25 M and Ξ > 0.40.

3. Results

In the following section, first, the friction curves and, second, the long-term operation
tests with applicability promising disk pairs are shown.

3.1. Friction Curve Tests

At first, the functionality of self-lubricating rolling-sliding contacts with oil-impregnated
sinter material across a wide range of operating points is shown and compared to an
injection-lubricated pure steel contact. Further on, the tribologically optimal number of
oil-impregnated sinter disks in a self-lubricating rolling-sliding contact and the influence of
surface condition are evaluated.

3.1.1. Demonstration of Self-Lubricating Rolling-Sliding Contacts and Comparison with
Injection-Lubricated Rolling-Sliding Contacts

Figure 3a shows the measured friction curves of the reference disk pair with a lon-
gitudinally ground, oil-impregnated sinterref disk and a longitudinally ground steel disk
under self-lubrication. Additionally, the maximum values μmax of each curve are shown
in a bar diagram. The reference disk pair can be evaluated at all operating points as it did
not exceed the termination criteria μcrit or ϑcrit during the tests. The measurements with
the 1st and the 2nd disk pair both show the same trend: μ decreases with increasing vΣ.
The friction curves of the 1st disk pair increase steadily within the first three measured slip
ratios of s ≤ 5% and maintain a plateau at vΣ = 2 m/s over the remaining slip ratios at
approximately μ ≈ 0.064. At vΣ = 4 m/s and 8 m/s, the CoF curves decrease again after
reaching their respective local maxima at s = 10%, before increasing again at the highest slip
ratio at s = 50% to the global maximum μmax = 0.051 and 0.047, respectively. The friction
curves of the tests with the 2nd disk pair are at a continuously lower level compared to
the CoFs of the 1st disk pair, with plateau-like curves at vΣ = 4 m/s and 8 m/s, reaching
μmax = 0.042 and 0.047 at the highest slip ratio, respectively. Figure 3b shows the mea-
sured bulk temperature curves and the maximum values ϑM,max, which correspond to the
increasing frictional power depending on the sum velocity, so that the levels of the bulk
temperature are at vΣ = 2 m/s at the lowest, at 4 m/s at the middle, and at 8 m/s at the
highest level. Within the respective sum velocities, the bulk temperature also increases with

159



Lubricants 2024, 12, 259

increasing slip ratio. In the bulk temperature curves, the temperatures of the 1st disk pair are
higher than the temperatures of the 2nd disk pair. Specifically, the bulk temperature maxima
of the 1st disk pair are ϑM,max = 56 ◦C, 76 ◦C, and 109 ◦C, while with the 2nd disk pair they
are 53 ◦C, 64 ◦C, and 109 ◦C. Figure 4a shows the measured friction curves of the 1st and
2nd test with the 1st disk pair, which was re-run in the 2nd test after the 1st test without re-
impregnation. Additionally, the maximum difference of μ between the 1st and the 2nd test is
shown for each sum velocity. As for the 1st test, every operating point of the 2nd test can be
evaluated, because no termination criteria were reached. The friction curve of the 2nd test at
vΣ = 2 m/s increases with increasing slip ratio up to s ≤ 10% to a higher level than in the 1st

test and, at s = 10%, reaches a local maximum for μ. However, with increasing slip ratio up
to s ≤ 20%, μ decreases before increasing again to μmax = 0.083 at s = 40%. At the highest
slip ratio s = 50%, μ decreases again. However, the friction curves of the 2nd test at sum ve-
locities of vΣ = 4 m/s and 8 m/s follow a similar trend as the 1st test, with smaller increases
in the curves up to the highest slip ratio at s = 50%. The global maxima of the curves at
vΣ = 4 m/s and 8 m/s are μmax = 0.051 and 0.046, respectively. Additionally, Figure 4b shows
the bulk temperature curves ϑM and the maximum values ϑM,max of the 1st and 2nd test
with the 1st disk pair. The curves of both tests are very similar at vΣ = 8 m/s. At a velocity of
4 m/s, minimal temperature differences between the 1st and 2nd test are observed over
most of the range of slip ratio variation, with slightly lower temperatures of the 2nd test
at the highest level of slip ratio at s = 50%. In comparison, at vΣ = 2 m/s, higher bulk
temperatures are measured at the 2nd test over the entire range of slip ratio variation.
The maximum bulk temperatures of the 2nd test recorded for vΣ = 2 m/s, 4 m/s, and
8 m/s are ϑM = 60 ◦C, 67 ◦C, and 104 ◦C, respectively.

 
Figure 3. Friction curves (a) and bulk temperature curves (b) and each of their maximum level (c,d)
of the 1st test of two disk pairs of a longitudinally ground sinterref disk and a longitudinally ground
steel disk under self-lubrication.
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Figure 4. Friction curves (a) and bulk temperature curves (b) and each of their maximum level as
well as maximum difference (c) and (d) of two tests of the 1st disk pair of a longitudinally ground
sinterref disk and a longitudinally ground steel disk under self-lubrication.

Figure 5a shows the measured friction curves of the 1st and 2nd test with the 1st

disk pair with two longitudinally ground steel disks under injection lubrication. The
friction curves initially increase with larger gradients over the slip ratios of s = 2–5%,
then exhibit a smaller increase. The maximum coefficients of friction are μmax = 0.057,
0.038, and 0.035 in the 1st test run and μmax = 0.058, 0.034, and 0.033 in the 2nd test
run. Figure 5b shows the bulk temperature curves of both tests, the 1st and 2nd test
with longitudinally ground steel disks under injection lubrication, correlating to the
curves shown in Figure 5a. The bulk temperature differences between the sum veloci-
ties remain largely constant over the slip ratios, with almost constant temperature differ-
ences. The 2nd test at vΣ = 2 m/s resulted in slightly higher bulk temperatures, approxi-
mately ΔϑM = +2 K higher than those of the 1st test. The maximum bulk temperatures at
vΣ = 2 m/s, 4 m/s, and 8 m/s are ϑM,max = 38 ◦C, 43 ◦C, and 52 ◦C in the 1st test and
40 ◦C, 43 ◦C, and 52 ◦C in the 2nd test.
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Figure 5. Friction curves (a) and bulk temperature curves (b) and each of their maximum level as
well as maximum difference (c) and (d) of two tests of the 1st disk pair of two longitudinally ground
steel disks under injection lubrication.

3.1.2. Determination of the Tribologically Optimal Number of Oil-Impregnated Sinter
Elements in Self-Lubricating Rolling-Sliding Contacts

Figure 6a shows the measured friction curves of the 1st tests of two polished steel disk
pairs, each lubricated only once with Vinit. Because of an expected harsh mixed lubrication
regime in once-lubricated EHL tribosystems due to the low amount of prevailing oil, the
steel disks were mechanically polished to reduce the influence of the surface roughness
on the relative lubricant film thickness and thus improve the expected friction to be better
performing compared to once-lubricated EHL tribosystems with longitudinally ground
surfaces. Due to the termination criterion of μ > 0.12 reached at vΣ = 2 m/s with s = 20% or
30%, both tests can only be evaluated for a few operating points. Figure 6b shows the bulk
temperature curves of both tests correlating to Figure 6a, which both show increasing ϑM
with increasing slip ratios. Repeating the test with the 1st or the 2nd disk pair is not possible
because of surface damage.

Figure 7a shows the measured friction curves and maxima μmax of the 1st tests of two
disk pairs, each with two longitudinally ground, oil-impregnated sinterref disks. The trends
observed with the 1st disk pair are clearly related to the sum velocity. The data shows that
μ gradually decreases with increasing vΣ, with all curves starting with a steep gradient of
μ within the initial slip ratios, then decreasing after reaching a global maximum μmax. For
instance, at vΣ = 2 m/s, the global maximum CoF is μmax = 0.076 at s = 10%. Similarly, at
vΣ = 4 m/s, the global maximum of CoF is μmax = 0.060 at s = 20%, and at vΣ = 8 m/s, it is
μmax = 0.052 at s = 5%. The bulk temperatures shown together with ϑM,max in Figure 7b
appear to increase as the sum velocity increases, with relatively constant increases for
each sum velocity. At vΣ = 2 m/s, the maximum bulk temperature is ϑM,max = 51 ◦C, at
4 m/s it is 63 ◦C, and at 8 m/s it is 79 ◦C. The 1st test with a 2nd disk pair of the same
specification shows trends that follow less clearly the previous patterns of sum velocity
and slip ratio variation (see Figure 7a,b). In particular, at vΣ = 2 m/s, the coefficient of
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friction is initially higher at s ≤ 5% and reaches a maximum of μmax = 0.072 at s = 5%,
before decreasing at s ≤ 40% and remaining approximately constant up to s = 50%. At
vΣ = 4 m/s, the coefficient of friction initially follows the trend of the 1st disk pair before
a peak of μmax = 0.079 at s = 20%, which is higher than the maximum at vΣ = 2 m/s,
and then declining to a level comparable to the 1st test. The friction curve at vΣ = 8 m/s
lies, as typically expected, at the lowest level of the sum velocities within the tests of
one disk pair. The curve reaches a local maximum at s = 5%, before decreasing again to
s = 20%, then increasing significantly and reaching the global maximum at s = 50% with
μmax = 0.044. The correlation between the bulk temperatures and the coefficient of friction
curves is evident. The curve at vΣ = 2 m/s is the lowest with ϑM,max = 51 ◦C, the curve at
vΣ = 4 m/s is higher with ϑM,max = 78 ◦C and shows a significant increase at the peak of
the CoF at s = 20%, and the curve at vΣ = 8 m/s is comparatively the highest, increasing
significantly from the slip ratio s = 20% until it reaches a maximum with ϑM,max = 122 ◦C,
significantly higher than that of the 1st test.

 
Figure 6. Friction curves (a) and bulk temperature curves (b) and each of their maximum level (c,d)
of the 1st test of two disk pairs of two mechanically polished steel disks under once-lubrication.

Figure 8a shows the friction curves and maxima μmax measured with the 1st and 2nd

test of the 1st disk pair of two longitudinally ground, oil-impregnated sinterref disks. The
2nd test of the 1st disk pair can be evaluated at all operating points but shows significantly
higher μ soon after initially lower values at all three sum velocities investigated, reaching
near the termination criterion at vΣ = 2 m/s with μmax ≈ 0.12 and increasing to similar
values at vΣ = 4 m/s and 8 m/s, with μmax = 0.063 and 0.062, respectively. Figure 8b shows
the bulk temperature curves and maxima ϑM,max measured during the 2nd test of the disk
pair shown in Figure 8a. The bulk temperatures initially start at slightly higher levels before
increasing along with the significant increases in the coefficients of friction, all reaching the
bulk temperature maxima at s = 50% at vΣ = 2 m/s, 4 m/s, and 8 m/s, at ϑM,max = 66 ◦C,
90 ◦C, and 136 ◦C, respectively.
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Figure 7. Friction curves (a) and bulk temperature curves (b) and each of their maximum level (c,d)
of the 1st test of two disk pairs of two longitudinally ground sinterref disks under self-lubrication.

 

Figure 8. Friction curves (a) and bulk temperature curves (b) and each of their maximum level as well
as maximum difference (c) and (d) of two tests of the 1st disk pair with two longitudinally ground
sinterref disks under self-lubrication.
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3.1.3. Investigation of the Influence of Surface Finish on Self-Lubricating Rolling-Sliding
Contacts

The investigation of the surface influence on the tribological behavior of self-lubricating,
oil-impregnated sintered rolling-sliding contacts is carried out systematically. Initially,
a mechanically polished steel disk surface is paired with a longitudinally ground, oil-
impregnated sinterref disk. Subsequently, a mechanically polished steel disk is paired with
different surface variants of the oil-impregnated sinterref disk. Therefore, the surface of
the sinterref disk is investigated in different conditions for the reference material, includ-
ing superfinished and mechanically polished surfaces. Furthermore, the influence of a
plasma-nitrided sinterpni disk with high hardness is investigated.

Figure 9a,b summarize the evaluated maximum μmax and ϑM,max from measured fric-
tion and bulk temperature curves of the two test runs with the 1st disk pair (1st and 2nd test),
as well as the 1st test with a 2nd disk pair. Additionally, Figure 10a,b show the maximum
difference of the friction curves Δμmax and of the bulk temperature curves ΔϑM,max of the
1st and 2nd test with the 1st disk pair. The results obtained with the reference disk pair with
a longitudinally ground steel disk and a longitudinally ground, oil-impregnated sinterref
disk are also included for comparison.

Figure 9. Friction curve maximum μmax (a) and bulk temperature maximum ϑM,max (b) of the friction
curve tests with sinter material and surface variants under self-lubrication.

The surface variation of the steel disk from a longitudinally ground to a polished
condition shows improved tribological behavior compared to the reference measurements
with both disk surfaces in a longitudinally ground condition, indicated by low levels of
μmax and ϑM,max in the 1st test runs of the 1st and 2nd disk pair and especially with the 2nd

disk pair, with μmax = {0.033, 0.025, 0.020} and ϑM,max = {46, 66, 71} ◦C. There was good
repeatability of the 1st test with the 1st disk pair through the 1st test with the 2nd disk pair,
with very similar ϑM,max and smaller μmax at all vΣ (see Figure 9a,b), and a low maximum
difference of Δμmax = 0.003 . . . 0.010 and ΔϑM,max ≤ 2 K between the 1st and 2nd test with
the 1st disk pair (see Figure 10a,b).
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Figure 10. Maximum difference of the friction curves Δμmax (a) and the bulk temperature curves
ΔϑM,max (b) of the friction curve tests with sinter material and surface variants under self-lubrication.

Figures 11a and 12a show the measured friction curves with disk pairs with mechani-
cally polished steel and superfinished sinterref disk surfaces; the curves with a superfinished
sinterref disk surface show, on one hand, a similar tribological beneficial trend to the curves
with the mechanically polished steel disk surface, and on the other hand, the best tri-
bological behavior compared to the other surface variants. Measurements taken with
superfinished contact surfaces show μmax ≤ 0.042 for all tests with both disk pairs down
to μmax ≤ 0.022 at vΣ = 8 m/s with the 2nd disk pair as well as a very good repeatability
between the 1st tests with the 1st and 2nd disk pair, with slightly lower levels of μmax
with the 2nd disk pair (see Figure 11a) and the least maximum difference Δμmax = 0.002
between the 1st and 2nd test with the same 1st disk pair (see Figure 12a). Figures 11b
and 12b additionally show the measured bulk temperature curves of the disk pairs with
mechanically polished steel and superfinished sinterref disk surfaces. Overall, the levels of
the maximum bulk temperature ϑM,max are the lowest compared to the tests with the other
surface variants, with the lowest maximum bulk temperatures at the 1st test with the 2nd

disk pair with ϑM,max = {43, 53, 69} ◦C. Comparing the 1st and 2nd test with the 1st disk pair,
a low maximum difference of ΔϑM,max ≤ 3 K is shown.

In contrast, the tests with disk pairs with mechanically polished steel and sinterref
disk surfaces show, at the 1st tests of the 1st and 2nd disk pair, initially at a sum veloc-
ity of vΣ = 2 m/s, high to very high CoF, with μmax = 0.086 and = 0.12 (see Figure 9a).
During both test runs (1st and 2nd test) with the 1st disk pair, the friction curve levels
decrease with increasing sum velocity, while the 2nd test shows a lower level of μmax at
vΣ = 2 m/s and comparable levels of μmax at vΣ = 4 m/s and = 8 m/s. During the 1st test
with the 2nd disk pair, the friction curve level first slightly decreases with an increasing
sum velocity at vΣ = 4 m/s before leading to termination at the highest sum velocity
at vΣ = 8 m/s. The bulk temperatures of the two tests with the 1st disk pair shown in
Figure 9b are comparable to the bulk temperature levels with the disk pairs of a polished

166



Lubricants 2024, 12, 259

steel disk and ground sinter disk and show moderate to low maximum difference with
ΔϑM,max ≤ 6 K. The bulk temperatures of the 1st test with the 2nd disk pair follow the
trend of μ and, compared to the tests with the 1st disk pair, also start at a high level at
vΣ = 2 m/s with ϑM,max = 101 ◦C, and decrease slightly to ϑM,max = 83 ◦C at vΣ = 4 m/s
before thermally increasing at vΣ = 8 m/s. With the comparison of the tests of the two disk
pairs with identical specifications, which can show both a good frictional behavior with a
low to moderate difference of the maximum Δμmax ≤ 0.025 and ΔϑM,max ≤ 6 K between
the 1st and 2nd test with one disk pair (see Figure 10a,b), and a non-functional behavior
with another disk pair, a significantly worse repeatability of the tribological behavior of
disk pairs with polished sinter disk surfaces is shown.

 
Figure 11. Friction curves (a) and bulk temperature curves (b) and each of their maximum level
(c,d) of the 1st test of two disk pairs of a polished steel disk and a superfinished sinterref disk under
self-lubrication.

The tests with the disk pairs with a polished steel disk and a plasma-nitrided sinterpni
disk with high hardness cannot be evaluated due to a failure within the initial sum velocity
of vΣ = 2 m/s in the 1st tests of the 1st and 2nd disk pair. The failure is indicated by an
acceleration detector, which causes the tribometer to stop immediately. An analysis of the
sinterpni disk surfaces revealed delamination of the compound layer from the underlying
diffusion layer.
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Figure 12. Friction curves (a) and bulk temperature curves (b) and each of their maximum level as
well as maximum difference (c,d) of two tests of the 1st disk pair with a polished steel disk and a
superfinished sinterref disk under self-lubrication.

3.1.4. Summary of the Friction Curve Tests

Table 5 summarizes the evaluated data of the friction curve tests (see Sections 3.1.1–3.1.3),
including the total test duration N2 of each friction curve test of the two disk pairs.

The results of the friction curve tests were used to reduce the number of variants to
the most promising disk pairs for long-term testing. As a result, the disk pair variants
terminating after one test under self-lubrication with a mechanically polished sinterref disk
as well as with a sinterpni disk are not considered for the long-term tests. The disk pair of
two sinterref disks with its increased material preparation effort for oil impregnation by
simultaneously increased friction and bulk temperature levels at all tests and increased
differences of friction and bulk temperature between the 1st and 2nd test with the 1st disk
pair are also not considered for the long-term tests.
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Table 5. Maximum friction μmax, maximum bulk temperature ϑM,max, and total load cycles N2 of
the upper disk of all friction curve tests with both the 1st and the 2nd disk pair as well as maximum
difference of the friction Δμmax and maximum difference of the bulk temperature ΔϑM,max between
the 1st and the 2nd test of the 1st disk pair.

Lubrication Method
Upper/Lower Disk
pH = 600 N/mm2

s = 0. . .50%

μmax at vΣ ϑM,max in ◦C at vΣ N2 in M

2 m/s
4

m/s
8

m/s
2 m/s

4
m/s

8 m/s Total

once-lubrication
steel mpo/steel mpo

1.1 4 >0.120 1 x 2 x 2 >140 1 x 2 x 2 x 2

1.2 5 x 2 x 2 x 2 x x 2 x 2 x 2

Δμmax x 2 x 2 x 2 x x 2 x 2

2.1 6 >0.120 1 x 2 x 2 >140 1 x 2 x 2 x 2

injection lubrication
steel lgr/steel lgr

1.1 4 0.057 0.038 0.035 38 43 52 0.03
1.2 5 0.055 0.034 0.033 40 43 52 0.03

Δμmax 0.002 0.001 0.002 1 0 0
2.1 6 - 3 - 3 - 3 - 3 - 3 - 3 - 3

self-lubrication
sinterref lgr/steel lgr

1.1 4 0.064 0.051 0.047 56 76 109 0.15
1.2 5 0.083 0.051 0.046 60 67 104 0.17

Δμmax 0.019 0.008 0.005 9 9 5
2.1 6 0.057 0.042 0.047 53 64 109 0.14

self-lubrication
sinterref lgr/sinterref lgr

1.1 4 0.076 0.060 0.052 51 63 79 0.13
1.2 5 0.120 0.063 0.062 66 90 90 0.20

Δμmax 0.055 0.023 0.033 17 17 15
2.16 0.072 0.079 0.044 51 88 122 0.16

self-lubrication
sinterref lgr/steel mpo

1.1 4 0.057 0.047 0.025 46 66 72 0.13
1.2 5 0.049 0.046 0.027 45 66 70 0.13

Δμmax 0.010 0.003 0.004 1 0 2
2.1 6 0.033 0.025 0.020 46 66 71 0.13

self-lubrication
sinterref suf/steel mpo

1.1 4 0.042 0.033 0.026 43 53 69 0.12
1.2 5 0.040 0.034 0.026 44 53 69 0.12

Δμmax 0.002 0.002 0.002 3 1 3
2.1 6 0.034 0.026 0.022 43 56 79 0.13

self-lubrication
sinterref mpo/steel mpo

1.1 4 0.086 0.041 0.031 42 56 76 0.14
1.2 5 0.061 0.041 0.034 46 58 77 0.13

Δμmax 0.025 0.007 0.004 6 2 2

2.1 6 0.120 0.110 >0.120
1 101 83 >140 1 0.08 1

self-lubrication
sinterpni/steel mpo

1.1 4 >0.120 1 x 2 x 2 >140 1 x 2 x 2 x 2

1.2 5 x 2 x 2 x 2 x 2 x 2 x 2 x 2

Δμmax x 2 x 2 x 2 x 2 x 2 x 2

2.1 6 >0.120 1 x 2 x 2 >140 1 x 2 x 2 x 2

1: termination at operating point; 2: no value because of termination; 3: no test conducted; 4: 1st disk pair, 1st test;
5: 1st disk pair, 2nd test; 6: 2nd disk pair, 1st test.

3.2. Long-Term Tests

This section presents the results of the long-term tests with the selected material
pairing and surface condition variants from Section 3.1. The operating behavior of the
reference disk pair with a longitudinally ground steel and a longitudinally ground sinterref
disk is compared to that of an injection-lubricated disk pair with two longitudinally ground
steel disks. Furthermore, the influence of surface finish on the operating behavior during
the long-term tests is examined, followed by an investigation of the influence of the solid
lubricant for friction reduction in both once-lubricated and self-lubricating disk pairs. Also,
the performance at higher loads is evaluated, and the functionality of gear-application-like
surfaces on the disks is examined.
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3.2.1. Demonstration of Long-Term Durability of Self-Lubricating Contacts and
Comparison to Injection Lubrication

Figure 13 shows the measured friction curves and the calculated stability coefficients
of the two long-term tests with a self-lubricating EHL tribosystem with a polished steel
disk and an oil-impregnated ground sinterref disk as well as an EHL tribosystem with
longitudinally ground steel disk pairs under injection lubrication without temperature
regulation. Both the 1st and 2nd test of the injection-lubricated disk pair show for the
whole test run of 48 h (i.e., N2|1st and N2|2nd > 1.20 M) very good stability according to
Ebner [25], with Ξ = 0.95 and = 0.76. Initially, each of the curves starts with a coefficient of
friction level of μ = 0.045 and exhibits the level for the main time of the test duration. In
comparison, both tests with the self-lubricating EHL tribosystem start with a lower CoF of
μ = 0.037. Then, the test with the 1st disk pair without intermediate interruptions for
surface measurements increases steadily with a small gradient, passing the level of CoF
of the injection-lubricated tribosystem after t ≈ 25 h and reaching μmax = 0.052. The
determined stability coefficient is Ξ = 0.51 and indicates stable operating behavior. However,
the test with the 2nd disk pair slightly decreases at the first section of the tests and is
maintained at a comparably low level of μ = 0.035 for at least t ≈ 24 h, when the level
slowly starts increasing to μmax = 0.045. The operating behavior of the 2nd disk pair can
be classified as stable, as the determined stability coefficient is Ξ = 0.71. In addition to
the comparable lower μ and the stable operating behavior, the EHL tribosystem under
self-lubrication shows less repeatability because of the lower level of μ of the 2nd test, with
Δμmax = 0.020, whereas both tests with the injection-lubricated EHL tribosystem show a
difference of Δμmax = 0.005 from the beginning of the tests and a neglectable difference for
the rest of the measurement time.

Figure 13. Friction curves of the long-term tests of two longitudinally ground steel disk pairs under
injection lubrication and two disk pairs with a polished steel disk and a longitudinally ground
sinterref disk under self-lubrication.

As there are intermediate interruptions for surface measurements, the following EHL
tribosystem behavior after continuing the test has to be evaluated to verify the friction and
bulk temperature trends deriving from the disk pair specifications and not from cool-down
periods. At the intermittently interrupted test with the self-lubricating disk pair shown in
Figure 13, one can see the very short peaks of CoF directly after re-starting the test and, after
a few load cycles, the return of the friction curves to the previous level the moment before
the interruption of the twin-disk tribometer. With the curves returning to the previous
state before the interruption, the influence of the test interruptions on the trend of the
tribosystem operating behavior can be assumed as negligible.
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3.2.2. Investigation of the Influence of Surface Finish on the Frictional and Stress Behavior
in Self-Lubricating Contacts

Figure 14a shows the measured friction curves and the calculated stability coefficients
of the long-term tests with self-lubricating disk pairs with the reference EHL tribosystem of
a longitudinally ground steel disk and a longitudinally ground oil-impregnated sinterref
disk and surface variants of the disk pair with disk pairs of a mechanically polished steel
disk and an oil-impregnated longitudinally ground as well as a mechanically polished
sinterref disk. When varying the surface finish of the pairing disks in the self-lubricating
EHL tribosystem, the trends of the measured friction during the long-term tests are com-
parable to the trends obtained at the friction curve tests, with no termination until the
end of the 48 h test runs at N2|1st and N2|2nd > 1.20 M (see Figure 9 in Section 3.1.3). In
nearly all tests, the disk pairs with at least one smoothed surface show lower levels of μ
compared to the reference system with longitudinally ground surfaces, except in the 1st

test with the disk pair of a mechanically polished steel disk and a longitudinally ground
sinterref disk. When taking the pair of the polished steel disk and the superfinished sinterref
disk evaluated as the best during the friction curve tests into account, the comparably
very low level of μ ≤ 0.040 and the very stable operating behavior of both disk pairs with
Ξ = 1.00 and = 0.69 as well as the good repeatability with Δμmax < 0.008 verify the trend
of the best-performing self-lubricating EHL tribosystem. Further, the bulk temperatures
ϑM measured during the long-term tests are shown in Figure 14b, in which every curve
of ϑM correlates to the trend of μ evaluated, leading to the lowest ϑM measured with the
disk pair of a mechanically polished steel disk and a superfinished sinterref disk. The short
intermediate interruptions for surface measurements lead at all tests to a difference of the
bulk temperature of ΔϑM,int ≤ 37.5 K while cooling down. In every test run, the offset
ΔϑM,int is compensated at a few load cycles and has little significant influence on the further
levels as well as trends of the bulk temperature curves and friction curves measured before
the interruption.

Figure 14. Friction curves (a) and bulk temperature curves (b) of the long-term tests with disk
pairs of a longitudinally ground or mechanically polished steel disk and a longitudinally ground or
superfinished sinterref disk under self-lubrication.
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3.2.3. Investigation of the Improvement of the Frictional Behavior in Self-Lubricating
Contacts through Solid Lubricant Additives in the Sinter Material

Additionally to the measurements made with the sinterref material, tests with an
oil-impregnated and a non-impregnated solid lubricant alloyed sintersl material are made.
Figure 15 shows the measured friction curves and the stability coefficients during long-term
tests with disk pairs of a mechanically polished steel disk and variants of the longitudinally
ground sinter disk in terms of a non-oil-impregnated sinterref or sintersl disk for investi-
gations under once-lubrication as well as an oil-impregnated sinterref or sintersl disk for
investigations under self-lubrication.

Figure 15. Friction curves of the long-term tests with disk pairs of a mechanically polished steel disk
and a longitudinally ground sinterref or sintersl disk under once-lubrication and self-lubrication.

Both tests with the once-lubricated steel-sinterref disk pairs show unstable operating
behavior with Ξ = 0.07, leading to termination after just a few load cycles of the upper
disk. The operating behavior obtained with the once-lubricated EHL tribosystems with
a non-oil-impregnated sintersl disk is characterized by an initial friction curve level of
μ ≈ 0.044, which is slightly higher than the friction level of the EHL tribosystem with a disk
pair of a mechanically polished steel disk and a longitudinally ground, oil-impregnated
sinterref disk under self-lubrication. During the initial sequence of <7 h (i.e., N2|1st and
N2|2nd < 0.15 M) stable operating behavior is obtained. After that, μ increases in the test
with the 1st disk pair with a steep gradient and demonstrates unstable operating behavior,
promptly reaching the termination criterion after t ≈ 14 h at N2|1st ≈ 0.35 M. The test with
the 2nd disk pair reaches unstable operating behavior, and thus its termination limit is
after a longer period of increasing μ, after t ≈ 19 h at N2|2nd < 0.50 M. When additionally
impregnating the sintersl disk with PAO100+PD, the solid lubricant additive consistently
results in low levels of μ over the whole measurement time. Additionally, it exhibits
repeatably larger load cycle ranges without any increase in μ, thus demonstrating the most
stable operating behavior with Ξ = 1.00. The difference between the tests with the two disk
pairs of Δμmax < 0.002 is the lowest when compared to all other tests.

3.2.4. Determination of the Performance of Self-Lubricating Contacts under Higher Load
and Speed

Based on the long-term tests under reference operating conditions, maximum load
tests are carried out at both higher v∑ and higher pH. The variation in kinematics is tested
with the promising self-lubricating EHL tribosystems with a polished steel disk and, as the
best-performing sinter material variant evaluated, a longitudinally ground sintersl disk.
Figure 16 shows the friction curves of the long-term tests with disk pairs of a mechanically
polished steel disk and a longitudinally ground sintersl disk under self-lubrication at v∑

172



Lubricants 2024, 12, 259

and pH, each at a higher level compared to the reference operating conditions shown in
Sections 3.2.1–3.2.3.

Figure 16. Friction curves of the long-term tests at different v∑ or pH levels with disk pairs of a
mechanically polished steel disk and a longitudinally ground sintersl disk under self-lubrication.

When the total speed is increased to v∑ = 8 m/s (equivalent to a maximum of N2|1st
and N2|2nd > 2.4 M for a full 48 h test run), the tests with the 1st and 2nd steel–sintersl disk
pair reach their termination limits at different times, after t ≈ 43 h at N2|1st ≈ 2.17 M and
after t ≈ 17 h at N2|2nd ≈ 0.89 M due to exceeding ϑM,max = 140 ◦C. Due to the higher vΣ and,
therefore, the sliding velocity, the measured CoF of μ≈ 0.043 is comparably higher than at the
lower sum velocity of vΣ = 4 m/s. Whereas the 1st disk pair shows stable operating behavior
with Ξ = 1.00, the operating behavior of the earlier terminating 2nd disk pair is evaluated
as metastable with Ξ = 0.18. The difference between the tests with the two disk pairs is
Δμmax < 0.04. Nevertheless, the test with the 1st disk pair shows a 244% higher lifetime than
the test with the 2nd disk pair.

At tests at higher pressure pH = 1200 N/mm2, the two tests with a steel–sintersl disk
pair initially differ from each other more (Δμmax = 0.011) than after further test progression,
which leads to a measured μ in both tests at the same level (Δμmax ≈ 0) of μ = 0.038. The
overall trend shows initially metastable operating behavior with μ = 0.040, which changes
to a more stable operating behavior with a decreasing μ after increasing load cycles, N.
Although the frictional power is higher, both tests reach the measurement time limitation
at N2|1st and N2|2nd > 1.2 M without termination.

3.2.5. Evaluation of the Functionality of Self-Lubrication with Tooth Flank Similar Surfaces

Figure 17 shows the friction curves measured during the long-term tests under self-
lubrication with disk pairs of an axially ground steel disk and a sinterref as well as a sintersl
material variant of an axially ground, oil-impregnated sinter disk. The axially ground
surface structure orientation represents the typical surface structure of cylindrical gear
tooth flank surfaces.
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Figure 17. Friction curves of the long-term tests with axially ground disk pairs of a steel disk and a
sinterref or sintersl disk under self-lubrication.

In both variants of the EHL tribosystem with axially ground sinterref and sintersl
material, the measured friction curves of all tests are consistently higher than the measured
friction curves of the tests with the reference EHL tribosystem with longitudinally ground
surface structures. The two tests with the sinterref disk both terminate due to exceeding the
upper limits of ϑM,max after different times with sequences of short-term stable, metastable,
and unstable operating behavior, approximately after t ≈ 35 h at N2|1st ≈ 0.88 M and
after t ≈ 10 h at N2|2nd ≈ 0.25 M of the upper disk. The test with the 1st disk pair shows
stabilization of operating behavior after an initial increase in μ. This is demonstrated
by the formation of plateaus in the measured friction curves. However, there is a brief
decrease in μ after t > 9 h at N2|1st ≈ 0.20 M, followed by an increase of μ with stronger
metastable operating behavior from t ≥ 10 h at N2|1st ≈ 0.22 M until the test run terminates,
which leads to an overall stability coefficient of Ξ = 0.30, characterizing a metastable
operating behavior, although the system is terminated. The test with the 2nd disk pair
shows a continuous increase in μ and, with this, an overall stability coefficient of Ξ = 0.15,
characterizing an unstable operating behavior. In both tests with the axially ground disk
pair with a sintersl disk, the solid lubricant additive of sintersl proves advantageous. In
both test runs, the measured levels of μ are lower compared to the tests with the axially
ground disk pairs with a sinterref disk, resulting in both the 1st and the 2nd test lasting until
the end of the designated test time of t = 48 h at N2|1st and N2|2nd > 1.2 M. Generally, a
temporarily decreasing level of μ can be observed in both tests, which leads to the stability
coefficients Ξ = 0.27 and = 0.56. During the 1st test only, the operating behavior changed
from a stable to a metastable status, with rapidly increasing and then decreasing trends of
μ starting from t ≈ 34 h at N2|1st ≈ 0.83 M, with the decreasing trend continuing and the
experiment not having to be terminated.

3.2.6. Summary of the Long-Term Tests

Table 6 shows the evaluated data of the long-term tests conducted at the reference
operating conditions (see Sections 3.2.1–3.2.3 and 3.2.5) as well as at operating conditions at
increased load and increased sum velocity (see Section 3.2.4). The lifetime reached by each
disk pair is shown in percentage of the reached load cycles N2|1st and N2|2nd compared
to the aimed load cycle N2|48h after t = 48 h. For the tests with vΣ = 4 m/s, the load
cycles of a test without termination are N2|48h > 1.2 M, and for the tests with vΣ = 8 m/s,
N2|48h > 2.4 M.
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Table 6. Mean friction μ1st and μ2nd, mean bulk temperature ϑM|1st and ϑM|2nd, relative load cycles
of the upper disk N2|1st and N2|1st, and stability coefficients Ξ1st and Ξ2nd of all long-term tests and
maximum difference of friction Δμmax between the long-term tests with the 1st and 2nd disk pairs.

Lubrication Method
Upper/Lower Disk
pH = 1043 N/mm2

vΣ = 4 m/s
s = 20%

¯
μ1st
¯
μ2nd

Δμmax

¯
ϑM|1st
¯
ϑM|2nd

in ◦C

N2|1st/N2|48h

N2|2nd/N2|48h

in %

Ξ1st

Ξ2nd

once-lubrication
sinterref lgr/steel mpo

0.094
0.052 0.059 92

52
<1
<1

0.07
0.07

once-lubrication
sintersl lgr/steel mpo

0.051
0.047 0.057 93

86

≈29
≈40

0.46
0.48

injection lubrication
steel lgr/steel lgr

0.047
0.047 0.005 56

56

100
100

0.76
0.95

self-lubrication
sinterref lgr/steel lgr

0.051
0.043 0.013 85

78

100
100

0.45
0.38

self-lubrication
sinterref lgr/steel mpo

0.045
0.035 0.020 82

70

100
100

0.51
0.71

self-lubrication
sinterref suf/steel mpo

0.031
0.036 0.008 62

70

100
100

1.00
0.69

self-lubrication
sintersl lgr/steel mpo

0.032
0.033 0.002 65

68

100
100

1.00
1.00

self-lubrication
sinterref agr/steel agr

0.073
0.057 0.041 110

92

≈73
≈21

0.30
0.15

self-lubrication
sintersl agr/steel agr

0.053
0.047 0.010 91

87

100
100

0.27
0.56

self-lubrication 1

sintersl lgr/steel mpo

0.045
0.039 0.011 86

87

100
100

0.46
0.43

self-lubrication 2

sintersl lgr/steel mpo

0.042
0.042 0.016 117

116

≈90
≈37

0.48
0.18

1: operating condition variation at pH = 1200 N/mm2; 2: operating condition variation at vΣ = 8 m/s.

None of the disk pairs of the two disk pair variants tested under once-lubrication
reach the aimed lifetime, whereas the disk pair with a sinterref disk shows a negligible
lifetime with unstable operating conditions, and the disk pair with a sintersl disk shows a
lifetime of minimum 29% to maximum 40% of the aimed lifetime with a stability coefficient
of Ξ1st and Ξ2nd > 0.40, leading to a stable operating condition according to Ebner [25].
Further, seven of the eleven disk pair variants reach the aimed lifetime of N2|48h > 1.2 M and
>2.4 M after t = 48 h, even the disk pair tested at an increased applied load. All the disk pairs
reaching the aimed lifetime operate in stable operating conditions, except the metastable
operating 2nd disk pair with the both longitudinally ground sinterref and steel disks and
the 1st disk pair with the both axially ground sintersl and steel disks. The lowest friction
results from the disk pairs with a mechanically polished steel disk and a superfinished
sinterref disk or a longitudinally ground sintersl disk, with μ1st = 0.031 and μ2nd = 0.036,
and μ1st = 0.032 and μ2nd = 0.033, respectively.

4. Discussion

In the following section, the influences of the material, the surface finish, and operating
conditions on the self-lubricating EHL tribosystem are discussed.
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4.1. Influence of the Material on the Operating Behavior

Tests were conducted on different material pairings, i.e., steel–steel, steel–sinter, and
sinter–sinter material disk pairs. To evaluate the operating behavior of the EHL tribosys-
tem according to the considered material combination, the measured friction and bulk
temperature curves of the friction curve tests (see Section 3.1) and the long-term tests (see
Section 3.2) as well as surface measurements are analyzed. For this, Figure 18a–d shows
the surface alteration of the upper disk of the 1st disk pair after the 2nd friction curve test
run compared to the new surfaces. Additionally, the absolute and relative difference of the
arithmetic mean surface roughness ΔRa before and after the test is determined.
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Figure 18. Surface images and absolute and relative difference of arithmetic mean roughness ΔRa of
the upper disk surface of the 1st disk pair before the friction curve tests and after the 2nd test run.

4.1.1. EHL Tribosystem without Oil-Impregnated Sinter Disks under Once-Lubrication and
with One Oil-Impregnated sinterref Disk under Self-Lubrication

The tests with once-lubricated disk pairs with two steel disks or with one steel and
one sinterref disk without oil impregnation but with the initially added oil quantity Vinit
could not be fully completed in both friction curve (see Figure 6a,b) and long-term tests (see
Figure 15), due to continuously increasing μ and ϑM reaching the termination limits after
a comparatively short number of load cycles (see Tables 5 and 6). With the failure of the
once-lubricated tribosystem without an oil-impregnated partner, the functionality of self-
lubrication due to extruding oil of the pores supplementing the initial lubricant quantity
Vinit could be verified as expected and could be separated from a possible presumption that
the measured frictional behavior with at least one oil-impregnated specimen is achieved
just by the PAO100 oil with its PD additives. Further, the surfaces of the EHL tribosystems
under self-lubrication via oil-impregnated sinter disks show less severe surface alteration
compared to the once-lubricated EHL tribosystems (see Figure 18a,b), which show heavy
alteration characterized by abrasively and/or adhesively altered regions of the initially
very smooth polished steel disk surface after the comparatively short test runs. The
heavy alteration is also verified by a significant relative increase of surface roughness of
ΔRa = 366% compared to the moderate increase of surface roughness of ΔRa = 67% of the
self-lubricating disk pair with one longitudinally ground, oil-impregnated sinterref disk.
With this, an improvement of the heavy mixed lubrication regime by thermal expansion-,
elastic deformation-, and centrifugal force-driven extruding oil out of the material structure
into the tribocontact (see [25]) can be assumed, which can increase the lubricant film
thickness to a sufficient film thickness (see [27]) to further separate the mating surfaces,
which consequently results in less surface alteration.

To further evaluate the operating behavior due to surface alteration analysis during the
long-term tests, surface measurements were taken at intermittent intervals (see Section 2.3).
Figure 19 shows the surface images sequentially taken during the long-term test with
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the 1st disk pair with the longitudinally ground steel and sinterref disk pair under self-
lubrication. Initially, nearly no pores are optically visible in the 2D images of the 1 mm2

square area in the center of the disk surface. However, immediately after the first load
cycles, there is an optically recognizable increasing change in the surface appearance, with
increasing visible pores in terms of number and size. By the end of the test, the surface
appearance is characterized by regions smoothed due to wear but also longitudinally
oriented marks scattered with numerous pores as qualitatively determined. Areas around
the pores appear less stressed, indicating local oil extrusion and possible locally improved
lubrication regimes, which was also seen in the lubricant film investigation with an optical
ball-on-disk tribometer by Ebner [47]. To verify the subjective identification of pores based
on the 2D representation of the surface images using simultaneously measured 3D data, the
depth information from the 3D topography measurement of the surface can be used. Round
shaped areas deeper than the reference level in the form of holes in the material surface
represent potential oil extruding pores connected to the inner oil-storing pore structure.
Figure 20 shows the topography measurements of the sinterref disk of the 1st disk pair with
a longitudinally ground steel and a longitudinally ground sinterref disk before the test,
after N2 = 2.5 k, and at the end of the test (here: N2 > 1.2 M). The sequential measurements
show that initially, even with the grinding marks, pores can be detected through round
holes that are deeper than the marks. Thus, initially there are a few randomly distributed
pores on the unworn surface. After the first load cycles, the number of identifiable pores
increases slightly. In addition, an influenced area of oil transported to the surface can be
seen around the pores, where the initial grinding structure is still visible, indicating locally
relatively low solid contact ratios and ongoing abrasion. By the end of the test, the number
of pores has increased slightly again, with the diameter of the pores appearing larger. The
surface seems to be smoothed due to alteration, but the initially uniform grinding direction
remains over the whole test.

 

Figure 19. 2D surface images of the upper disk surface of the 1st disk pair with a longitudinally
ground steel and sinterref disk sequentially made during the long-term tests under self-lubrication.

Figure 20. 3D surface measurement of the upper disk surface of the 1st disk pair with a longitudinally
ground steel and sinterref disk sequentially made during the long-term tests under self-lubrication.
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4.1.2. EHL Tribosystem with One Oil-Impregnated sinterpni Disk under Self-Lubrication

The friction curve tests with sinterpni were automatically and abruptly terminated
by the test rig acceleration detector after a few load cycles (see Section 3.1.3). Further,
Figure 18d shows the surface images of the sinterpni disk before and after the friction curve
test. Before the test, the images of the sinterpni disk surfaces of the new disks indicate a low
to no presence of surface pores that enable the oil to flow across the surface, thus enabling
the self-lubrication principle, leading to predicted failure of the test. The failure presumably
resulted from the surface pores covered by the compound layer. Figure 21a,b shows the
sectional images of a new longitudinally ground sinterref and a sinterpni disk and verifies
the presumption of the covered near-surface pores by the compound layer, which prevents
oil flow to the surface, resulting in insufficient support for the lubricant film and reduced
friction-reducing effects as with, e.g., sinterref disk pairs. As a consequence, the compound
layer delaminated during the friction curve tests (see image of sinterpni disk after friction
curve test in Figure 18d), which led to heavy surface damage, causing significant vibration.

Figure 21. Sectional image of the near-surface porous structure of a longitudinally ground sinterref

disk (a) and a sinterpni disk without surface finish (b).

4.1.3. EHL Tribosystem with Two Oil-Impregnated sinterref Disks under Self-Lubrication

The test with self-lubricating disk pairs of two longitudinally ground, oil-impregnated
sinterref material resulted in no improvement of tribological performance due to mainly
higher levels of μmax and ϑM,max in all tests with both disk pairs as well as higher differences
of Δμmax and ΔϑM,max between the 1st and the 2nd tests with the 1st disk pair compared
to the reference EHL tribosystem with just one oil-impregnated sinterref disk paired with
a steel disk (see Figure 7a,b and Figure 8a,b, Tables 5 and 6). Surface alteration of both
disk pair variants, the sinterref–sinterref disk pair (see Figure 18c) and the reference steel–
sinterref disk pair (see Figure 18b), can be seen in a subjectively determined local increase
of pore numbers, pore size, and regions with tribofilms, as well as an objectively measured
relative increase of ΔRa = 40% and ΔRa = 67%, respectively. A disk pair comprising two
oil-impregnated sinter disks exhibits less benefits in tribological behavior, i.e., primarily
repeatable low levels of μ and ϑM, than a disk pair with one steel disk and one sinter disk.
Consequently, the latter disk pair is considered the most effective. This can be due to
a one-sided flow of the oil extruding from the surface for EHL lubricant film formation
as well as intrusion back from the tribocontact under high hydrodynamic pressure into
the porous material. Presumably because of the back-intrusion in permeable bodies, a
smaller lubricant film thickness-reducing effect dominates the tribocontact compared to the
tribocontact within an EHL tribosystem with two porous structures and thus a two-sided
oil intrusion with a higher total permeability of the tribocontact, which led in Ebner’s [25]
calculations of self-lubricating EHL tribosystem configurations with increasing permeability
to a decreasing lubricant film thickness.
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4.1.4. EHL Tribosystem with One Non-Impregnated sintersl Disk under Once-Lubrication
or One Oil-Impregnated sintersl Disk under Self-Lubrication

Sintersl material with MoS2 and WS2 solid lubricant additives showed in once-
lubricated long-term tests at the reference operating conditions compared to the unstable
running once-lubricated steel–steel tribosystem a longer lifetime up to N2 = 0.35 M at
moderate operating conditions with at least half of the lifetime running with stable oper-
ating behavior before failing, with decent increasing friction and bulk temperatures (see
Figure 15). With this, the expected solid friction reducing influence of the solid lubricant in
the sinter material is proven. When impregnating the sintersl material additionally with oil,
the effect of solid friction reduction via a solid lubricant as well as liquid lubrication via
extruded oil out of the pores are combined, which repeatably leads to the lowest levels of μ
and ϑM measured, with the lowest difference between the tests with two identical disk pair
specifications, and continuously stable, quasi-stationary operating behavior (see Table 6).

4.2. Influence of the Surface on the Operating Behavior

Test were also conducted on different surface finish pairings, i.e., longitudinally and
axially ground, superfinished, and mechanically polished. To evaluate the influence of
surface finishes on the frictional behavior, stability of the operating behavior, and lifetime
behavior of self-lubricating rolling-sliding contacts with oil-impregnated sintered material,
again the measured friction and bulk temperature curves of the friction curve tests (see
Section 3.1) and the long-term tests (see Section 3.2) as well as surface measurements
are analyzed. For conventionally lubricated EHL tribosystems, the direct link between
surface roughness and frictional behavior is commonly known. For self-lubricating EHL
tribosystems with oil-impregnated sintered materials, the study suggests that smoother
surfaces may result in lower friction, but surface finishing can affect the possible deviations
of surface porosity and thus the prevailing oil flow within the tribocontact. This, in turn,
affects the global and local lubrication and friction regime. For this, Figure 22a–c shows the
surface alteration of the upper disk of the 1st disk pair after the 2nd friction curve test run
compared to the new surfaces, and the absolute and relative difference of the arithmetic
mean surface roughness ΔRa before and after the test is determined.
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Figure 22. Surface images and absolute and relative difference of arithmetic mean roughness ΔRa of
the upper disk surface of the 1st disk pair before the friction curve tests and after the 2nd test run.
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4.2.1. EHL Tribosystem with Ground Steel Disk and Sinter Disk Surfaces under
Self-Lubrication

Tests with ground EHL tribosystem partners were conducted with longitudinally and
axially ground disk surfaces.

The tests with the reference tribosystem with longitudinally ground steel and sinterref
disks show in the friction curve tests a typical tribological behavior of injection-lubricated
rolling-sliding contacts, with a transition from a linear increase of the coefficient of fric-
tion at a low slip ratio to a thermal regime with decreasing coefficient of friction at a
higher slip ratio, as well as lower values of μ and higher ϑM with increasing v∑ (see
Figure 3a,b and Figure 4a,b). All operating points can be tested in both test runs with the
1st disk pair as well as with 2nd disk pair. In long-term tests under reference conditions,
the reference tribosystem (see Figure 14) shows slightly higher μ and ϑM compared to
injection-lubricated disk pairs (see Figure 13), which can be caused by less cooling via con-
vection by the surrounding external oil as well as lower oil amounts for sufficient lubricant
film formation. However, the reference tribosystem reaches the aimed end of the test at
N2 > 1.2 M without termination. The tests of the self-lubricating EHL tribosystem with an
axially ground steel and sintersl disk with both surfaces similar to gear tooth flank surfaces
could be completed without termination (see Figure 17) as well as with a proper tribological
performance with decreasing levels of friction with test progress and a mostly stable to
metastable operating behavior. The EHL tribosystem with a steel disk and a sinterref disk
shows severe tribological performance with a metastable to unstable operating behavior,
leading to friction and bulk temperature increase with test progress and, thus, termination
at N2 < 0.88 M and < 0.25 M.

4.2.2. EHL Tribosystem with a Smoothed Steel Disk Surface Paired with a Longitudinally
Ground Sinter Disk Surface under Self-Lubrication

The variation in the steel disk surface, from ground to polished finish, expectedly
results in a significant improvement in the tribological behavior of a self-lubricating contact
with a ground oil-impregnated sinter material. This improvement can be seen in the
better repeatability of the 1st friction curve tests of the two disk pairs, as well as the
lower difference between the 1st and 2nd test with the 1st disk pair and the overall slightly
lower levels of μ and ϑM compared to the reference tribosystem (see Figure 9a,b and
Figure 10a,b and Table 5). Compared to the operating behavior of the injection-lubricated
EHL tribosystem in the long-term tests (see Figure 13), the levels of μ and ϑM with the
self-lubricating disk pair with a polished steel disk and a longitudinally ground sinterref
disk are lower for part of the test duration up to the whole test duration. This might be
mainly caused by the improved lubrication regime, due to lower arithmetic mean surface
roughness of the contact partners. Because there is no heat convection by an external oil,
the friction-induced temperature of the tribosystem increases during operation, which
decreases the oil viscosity and thereby increases the influence of the surface roughness of
both mating partners on the lubricant film thickness. This consequently leads to an increase
of solid friction and thus an increase of total friction measured. This can also be seen in the
documentation in Figure 22a of the surface alteration, in which the surface of the ground
sinterref disk shows nearly no alteration in terms of tribofilm formation, pore number, or
size increase as well as ΔRa (ΔRa = 3%).

4.2.3. EHL Tribosystem with a Smoothed Steel Disk Surface Paired with a Smoothed
sinterref Disk Surface under Self-Lubrication

The friction curve test results with an additional polished steel smoothed surface of
the sinter disk also show the trend of an improved tribological behavior of a reduction
in surface roughness by superfinishing or polishing, resulting in lower measured levels
of μ and ϑM compared to tests with conventionally ground surfaces (see Figure 9a,b,
Figure 10a,b, Figure 11a,b and Figure 12a,b and Table 5). In the following sections, the
influence of the finish variants of mechanically polishing and superfinishing of the sinterref
disk surface on the operating behavior is evaluated in detail.
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Superfinishing of the sinterref Disk Surface

In addition to the results that the tests with disk pairs with a superfinished sinterref
disk surface show better repeatability of the 1st tests of two disk pairs and lower difference
of the measured μ and ϑM between the test of the 1st and the 2nd disk pair compared to the
reference system as well as the lowest levels of μ and the most stable operating behavior
during the long-term tests compared to the other surface variants in Figure 14a,b (see also
Table 6), Figure 22b shows the low surface roughness increases with ΔRa = 18%, with an
absolute increase of ΔRa = 0.006 μm, which is negligible. Further, Figure 23 shows the
2D image documentation of the surface alteration during the long-term tests at reference
conditions with the mechanically polished steel and superfinished sinterref disk pair. Similar
to the tribosystem with two longitudinally ground disks, at the initial state, only a few
surface pores are visibly recognizable. Additionally, there is a less uniform direction of
the surface structure obtained. After a few load cycles, the surface pores are numerous
and increase in size, whereas the initial surface structure shows for a longer time less
global alteration. Furthermore, the surface area surrounding the pores shows significant
deviations locally in the pore-free surface regions. The initial state of the altered porosity
and surface modification after the first load cycles persists, with a similar appearance
throughout the whole test. Figure 24 shows, additionally, the topography measurements
of the sinterref disk of the 1st disk pair with a mechanically polished steel disk and a
longitudinally ground sinterref disk before the test, after N2 = 2.5 k, and at the end of the
test. The measurements confirm the observation, as evidenced by the identifiable pores,
verified by depth information, which initially increase slightly and then remain constant
over time. The less severe alteration of the disk surfaces can be interpreted as another result
of the comparably best tribological behavior evaluated within the surface variants, which
again verifies Ebner’s findings [25].

Figure 23. 2D surface images of the upper disk surface of the 1st disk pair with a mechanically
polished steel and a superfinished sinterref disk sequentially made during the long-term tests under
self-lubrication.

With the surface images and topography measurements of the best-performing disk
pair surface combinations, it can be stated that in tests that show good tribological behavior
and do not lead to premature termination due to metastable or unstable operating behavior,
the porosity becomes more uncovered initially and, thus, is more exposed, which can be
interpreted as a running-in process of oil-impregnated sinter materials with surface finish.
Subsequently, once there is sufficient oil exchange between the inner material structure
and the tribocontact through the opened surface pores, there are no significant changes in
surface porosity.
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Figure 24. 3D surface measurement of the upper disk surface of the 1st disk pair with a mechanically
polished steel and a superfinished sinterref disk sequentially made during the long-term tests under
self-lubrication.

Mechanical Polishing of the sinterref Disk Surface

In contrast, the friction curve test with the comparably smoothest sinterref disk, a
mechanically polished surface, shows greater difference between the 1st and 2nd tests with
the 1st disk pair and a worse repeatability of the tests with two disk pairs compared to an
EHL tribosystem with a mechanically polished steel disk and a longitudinally ground or
superfinished sinterref disk. It is postulated that the manual polishing process results in
inconsistencies in abrasive material removal and pore closure. While this facilitates the
requisite smoothing of the surfaces and thus a comparatively high increase of the minimum
lubricant film thickness, it also gives rise to unexpected and divergent measurement results
due to local surface porosity emphasis. Further, the additional effort of mechanically
smoothing the sinter disk surface is less useful when evaluating the surface alteration
shown in Figure 22c, which shows a significant optical change of the surface with a
measured increase of ΔRa = 380%. With this, the surface finish of mechanically polishing
the sinter disks was excluded for the subsequently run long-term tests.

4.3. Influence of the Operating Conditions on the Operating Behavior

Tests with disk pairs of a mechanically polished steel disk and a longitudinally ground
sinterref disk were also conducted with a comparably higher load or sum velocity. To evalu-
ate the operating behavior of the EHL tribosystem according to the prevailing operating
condition, the measured friction and bulk temperature curves of the friction curve tests
(see Section 3.1) and the long-term tests (see Section 3.2) as well as surface measurements
are analyzed.

4.3.1. EHL Tribosystem under Comparably Higher Load

The increase in transmitted power during the long-term tests at higher loads initially
exhibits areas with metastable operating behavior, which transitions into stable operating
behavior after further load cycles in both tests of the two disk pairs (see Figure 16). Initially,
there is a measurable difference of μ between the tests of the two disk pairs, which gradually
converges to nearly identical stable operating behavior at the same level. Thus, the influence
of load increase in long-term tests results in a slightly higher level of both μ and ϑM
compared to the tests at the reference load (see Table 6), but a functional tribosystem is
still maintained throughout the entire intended test. The increased measured friction is
primarily attributed to the higher specific friction in the tribocontact at higher pressure.

4.3.2. EHL Tribosystem under Comparably Higher Sum Velocity

In contrast to the increased load, the impact of an increased speed of vΣ = 8 m/s
exerts a more pronounced influence on the operating behavior of the self-lubricating EHL
tribosystem. During the tests shown in Figure 16, the severe operating condition results
in varying lifetimes, and in both tests with the two disk pairs, the test runs fail due to the
emergence of unstable operating behavior at disparate times. The primary cause of this
phenomenon is not only the higher specific friction power but also the increased dissipated
energy generated over time, which results in increased system heating and a concomitant
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decrease of oil viscosity. This decrease of viscosity also reduces the lubricant film thickness,
potentially increasing solid contacts. Further, Figures 25 and 26 show, through 2D images
and 3D topography measurements, the surface alteration of the sintersl disk of the 1st

long-term tests at the increased sum velocity of vΣ = 8 m/s with the disk pairs of a polished
steel and a longitudinally ground sintersl disk pair that terminated before the designated
test time. Visually, there is only a slight alteration in the appearance of the ground surface
within the first load cycles up to about N2 ≈ 100k. However, at N2 = 250k, corresponding to
an abrupt decrease in μ, the porosity increases significantly in both number and size. At all
subsequent time intervals when the surface condition was recorded, the increasing porosity
correlates with the increasing measured friction until the tribosystem fails, resulting in
highly pronounced surface damage characterized by numerous visible and measurable
large surface pores as well as, presumably, severe wear.

Figure 25. 2D surface images of the upper disk surface of the 1st disk pair with a mechanically
polished steel and a longitudinally ground sinterref disk sequentially made during the long-term
tests at higher vΣ under self-lubrication.

Figure 26. 3D surface measurement of the upper disk surface of the 1st disk pair with a mechanically
polished steel and a longitudinally ground sinterref disk sequentially made during the long-term
tests at higher vΣ under self-lubrication.

With the surface images and topography measurements of the disk pairs that ter-
minated during the long-term tests, it can be stated that in tribosystems that experience
more severe tribological stress, due to factors such as the initial limited presence of surface
pores or operating conditions that exceed the performance limit of the self-lubricating
EHL tribosystem, porosity increases significantly. This, in turn, enables more oil to intrude
from the tribocontact back into the inner material structure, reducing the lubricant film
thickness. As a result, solid contacts increase, leading to increased friction and wear as well
as temperature increase, which reduces oil viscosity, further promoting the formation of
thinner lubricant film thickness and enhancing oil intrusion. Under these conditions, the
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EHL tribosystem will continue to degrade, leading also to thermal and chemical alteration
of the oil with further load cycles, until the EHL tribosystem reaches its limits and fails.

The consistently good measurements of the tribological behavior of the self-lubricating
EHL tribosystem at moderate to high reference operating conditions, together with the
stable or metastable operating behavior at higher pressures and/or speeds, suggests the
suitability of self-lubricated tribosystems for use in various operating modes, includ-
ing, e.g., intermittent high-load operation followed by less loaded or unloaded cool-
down periods.

5. Conclusions

This study investigated the functionality and influence of specific material and surface
specifications on the operating behavior of oil-impregnated, self-lubricating sintered rolling-
sliding contacts under moderate to high operating conditions. A twin-disk tribometer
was used to evaluate the tribological behavior of various material disk pairs and surface
finishes. Friction curve tests were performed to measure the coefficient of friction and bulk
temperature, while long-term tests were performed to evaluate the lifetime behavior of
promising material disk pairs and surface finishes, including friction and bulk temperature
measurements. The main findings are as follows:

• A once-lubricated EHL tribosystem without external oil lubrication performs better
when a solid lubricant is added to the sintering powder prior to sintering.

• A self-lubricating EHL tribosystem with longitudinally ground surfaces and one oil-
impregnated sinter disk exhibits adequate friction behavior and, thus, mostly stable
operating behavior during the tests. Two oil-impregnated sinter disks show worse
tribological performance.

• Smoothing the surface of the steel disk in the self-lubricating EHL tribosystem im-
proves tribological performance, while finishing both contact partner surfaces by
mechanical polishing of the steel disk and superfinishing of the sinter disk provides
the best repeatable tribological performance.

• For axially ground surfaces similar to typical gear tooth flanks, the best tribologi-
cal performance of a self-lubricating EHL tribosystem can be achieved with a solid
lubricant addition to the sintered material prior to sintering.

• The surface alteration during the tests with EHL tribosystems with good tribological
performance is characterized by a consistent running-in-like increase in pore size and
quantity within the initial load cycles and an only slight additional change during the
further lifetime.

• Nevertheless, great differences in operating behavior and surface alteration are ob-
served for disk pairs manufactured with identical requirements for mechanical prop-
erties and surface conditions.

Systematic studies of material and surface porosity, the resulting permeability, and the
influence of manufacturing methods such as heat treatment, surface finishing, etc., on the
surface porosity as well as on the sinter material density in near-surface regions are further
needed to understand these differences in operating behavior and surface alteration.

The tests of this study were conducted under stationary operating conditions. The
results demonstrated that, for a sufficient number of load cycles, self-lubricating EHL
tribosystems can operate within specific load ranges, with a highly stable operating be-
havior and low levels of μ and ϑM. A stationary operating application with medium-high
loads, such as geared motors for logistic conveyor belts, could be a viable option. Further
investigations at adapted model contact tests are required to ascertain the suitability of
the self-lubrication technology for promising applications under intermittent operating
conditions with peaks of higher load or speeds and operating sequences under low load to
cool down, e.g., in machine tools such as hand screwdrivers. In addition, the so-far limited
characterization of surface porosity reveals the need for a quantitative method to determine
pore size distribution and quantity, allowing for a more objective characterization of surface
porosity, as the surface is considered one of the main components of future mathematical
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models for the design or prediction calculations of self-lubricating EHL tribosystems with
oil-impregnated sintered materials.
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Abstract: Squeeze film dampers are used to reduce vibration in aircraft jet engines supported by
rolling element bearings. The underlying physics of the squeeze film dampers has been studied
extensively over the past 50 years. However, the research on the SFDs is still ongoing due to the
complexity of modeling of several effects such as fluid inertia and the modeling of the piston rings,
which are often used to seal SFDs. In this work, a special experimental setup has been designed
to validate the numerical models of SFDs. This experimental setup can be used with various SFD
geometries (including piston ring seals) and simulate almost all conditions that may occur in an
aircraft jet engine. This work also focuses on the inertia forces of the fluid. The hydrodynamic
pressure distribution of a detailed 3D-CFD model is compared with the solution of the Reynolds
equation including inertia effects. Finally, the simulation results are compared with experimental
data and good agreement is observed.

Keywords: squeeze film damper; Reynolds equation; experimental validation; inertia effects; vibrations;
rotor dynamics

1. Introduction

Squeeze film dampers (SFDs) are an essential component in today’s aircraft engines,
serving to attenuate rotor vibrations excited mainly by mass unbalance or geometric
imperfections. High-pressure rotors of modern aircraft engines, for instance, are typically
supported with low stiffness in the bearing positions. This places modes with high rotor
strain energy well above the operational speed range. In this design concept, the rotor
must pass through two rigid body modes at low speeds, which requires damping of the
vibration amplitudes at the bearing positions as provided by SFDs. In Figure 1, a typical
aircraft jet engine is shown.

The oil–pressure distribution of squeeze film dampers, like standard journal bearing,
is calculated using the Reynolds equation [1]. This linear partial differential equation can
be approximated with closed-form analytical solutions [2–6]. Due to the limitations of these
closed-form solutions, numerical approximations of the full Reynolds equation are usually
employed using the Finite Element, the Finite Difference or the Finite Volume methods.
Approaches using global ansatz functions such as the global Galerkin approach [7–9]
have also been used to find approximate solutions of the Reynolds equation. However,
their implementation in complex geometries is more complicated than the local Finite
Element approaches.

Lubricants 2024, 12, 253. https://doi.org/10.3390/lubricants12070253 https://www.mdpi.com/journal/lubricants188
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Figure 1. Geared turbofan engine PW1100G-JM [10].

Cavitation in hydrodynamic lubrication plays a significant role in the pressure dis-
tribution derived from the Reynolds equation. Several approaches have been used in the
literature (see, for example, [11]); however, the mass-conserving algorithms such as this
described by Kumar and Booker are well established [12].

The thermal effects in the oil are known to influence the pressure distribution in
the oil film and thus the hydrodynamic bearing forces. In the work of Dowson [13], the
generalized Reynolds equation was developed. A set of integro-differential equations is
solved, including the generalized Reynolds and the energy equation of the oil, to obtain
the hydrodynamic pressure distribution as well as the 3D temperature field. A detailed
discussion on this topic can also be found in [14]. In [15], the thermal effects in the oil
including inertia effects have been developed.

The effect of fluid inertia, although typically neglected for journal bearings, may be
significant for SFDs. In [16,17], the temporal inertia terms were included in the Reynolds
equation. In [18,19], an approach was developed to include both the temporal and the
convective inertia terms in the Reynolds equation. This approach increases the computa-
tional effort for the calculation of the pressure distribution in the oil, but may significantly
improve the physical accuracy of the calculated pressure.

Dedicated experimental results of SFDs are rather scarce in the literature, despite
their widespread use. The pioneering work of San Andres focused on the experimental
validation of squeeze film damper models (see, for example, [20–22]). The aim of this work
is to develop an experimental device similar to the work of [20], which will be able to
reproduce all the kinematic conditions (eccentricities, velocities and accelerations) and all
the oil-supply conditions (oil-supply pressures and oil-supply temperatures). With minor
modifications, this test rig can be used for any SFD geometry, which may include a circum-
ferential groove and/or oil-supply holes or even more complicated geometries. In addition,
the influence of the typical sealing mechanisms (piston rings, o-rings, etc.) can be easily
quantified. Therefore, this test rig and the results obtained can be used to validate SFD
models. In this paper, efficient thermo-hydrodynamic SFD models developed for rotor
dynamic simulations and detailed CFD models have been validated.

The main contributions of this work are summarized below:

• A special experimental setup is presented that can be used to validate the SFD bearing
forces for all operating conditions that may occur in an aircraft jet engine.

• The SFD bearing forces obtained from the experimental results are compared with
those obtained from the numerical simulations and a good agreement is found.

• The 2D solution of the Reynolds equation is compared with a 3D-CFD solution for thin-
film lubrication conditions. The influence of inertia effects is shown to be significant
for the specific parameter used.
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In Section 2, the theory of thermo-hydrodynamic lubrication is presented, including
inertia effects and a mass-conserving cavitation algorithm. In Section 3, the experimental
setup and its capabilities are discussed. In Section 4, the results are presented, and finally,
in Section 5, the main conclusions of this work are summarized.

2. Hydrodynamic Lubrication in Squeeze Film Dampers

A typical SFD combined with a rolling element bearing is shown in Figure 2.

Figure 2. Sketch of a rotor supported by a roller bearing with a non-centralized SFD.

In aircraft jet engine applications, SFDs can be centralized or non-centralized (floating
rolling element bearing). Centralized SFDs are usually equipped with a squirrel cage (see,
for example [23]). The current experimental setup can capture the effects of both SFD
designs. In the experimental setup, and therefore in all simulations, oil from a typical oil
company for aircraft jet engines was used, namely Mobil Jet Oil II. The dynamic viscosity
and density of the oil were used for the hydrodynamics. The oil density, specific heat
capacity and thermal conductivity were used in the thermal model.

2.1. Thermo-Hydrodynamic Modeling

The thermo-hydrodynamic modeling described in this work is based on the gener-
alized Reynolds equation and the Energy equation developed in [13] combined with a
mass-conserving cavitation algorithm from [12], including the inertia effects from [18].

2.1.1. Generalized Reynolds Equation with a Mass-Conserving Cavitation Algorithm

The generalized Reynolds equation is solved using the Finite Element Method on
a 2D mesh. As the oil cannot withstand high negative pressures, a cavitation model is
used in combination with the Reynolds equation. The simplest approach is to use the
Gümbel cavitation approach, which simply sets all negative pressures to zero [14,24], vi-
olating the conservation of mass. To ensure mass conservation, Kumar and Booker [12]
provide an algorithm for tracking the density ρ̄ of a mixture of oil and gas in the spa-
tial/temporal diverging gap. The viscosity of the mixture is assumed to behave in the
same way: ρ̄/ρ̄oil = η̄/η̄oil . This prevents non-physical oil flow in the cavitation region as
observed with non mass-conserving procedures. The algorithm divides the fluid film into
different regions that must be identified:

• Region 1a (ρ̄ = ρ̄oil , ∂ρ̄/∂t = 0);
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• Region 1b (ρ̄ = ρ̄oil , ∂ρ̄/∂t < 0);
• Region 2 (ρ̄ < ρ̄oil).

The transition between the full-film regions 1a and 1b is a complementary problem
that is solved iteratively. After using an Euler-explicit time integration scheme, nodes are
moved between regions 1a and 2. Equation (1) shows the generalized Reynolds equation
used to calculate the hydrodynamic pressure in the oil:

∂

∂x

(
ρ̄F1

∂p0

∂x

)
+

∂

∂y

(
ρ̄F1

∂p0

∂y

)
=

∂

∂x
(
ρ̄uJ F2

)
+ h

∂ρ̄

∂t
+ ρ̄

∂h
∂t

, (1)

where h is the gap function and p0 is the pressure distribution. The x-coordinate represents
the circumferential direction and the y-coordinate represents the axial direction of the
SFD. The Reynolds equation balances the fluid flows caused by pressure gradients on
the left-hand side of the equation and by shearing, density changes and squeezing on the
right-hand side. Figure 3a shows the pressure distribution in the oil of an SFD, where
the cavitation area is determined by the Kumar–Booker algorithm. Figure 3b compares
the pressure distribution over the circumferential coordinate at the axial centerline b = 0.
The Kumar–Booker algorithm provides the spatial and temporal evolution of the the
cavitation area. The size of the cavitation area can have a large effect on the pressure
distribution and therefore on the hydrodynamic bearing forces. Due to mass conservation,
the Kumar–Booker model is required to determine the oil flow out of the SFD. Therefore,
all experimental results are compared with the simulation results using the Kumar–Booker
cavitation model.

Figure 3. (a) Oil–pressure distribution in the SFD with Kumar–Booker cavitation model. (b) Compar-
ison of oil–pressure with different cavitation models.

Figure 4 shows the evolution of the density in the SFD over the circumferential
coordinate at the axial centerline b = 0. At the beginning of the orbit at time t0, the gap is
completely filled with oil. In this case, the density and the cavitation area evolve within a
third of an orbit (t1 to t4) and from then on follow the high-pressure field, only changing
their position according to the orbit (compare t4 and t5).
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Figure 4. Density evolution with Kumar–Booker cavitation model.

The temperature distribution in the oil film is not constant. Isothermal models may
offer simplicity in the implementation and in the solution procedure but they neglect the
variable temperature field in the oil film and cannot account for effects such as temperature
differences of the oil inlet, journal and casing. To account for these effects, integrals of
viscosity across over the gap height are introduced at each node of the 2D mesh [13],
as shown in Equation (2):

F1 = J2h −
J2
1h

J0h
, F2 =

J1h
J0h

, J0h =

h∫
0

1
η

dz, J1h =

h∫
0

z
η

dz, J2h =

h∫
0

z2

η
dz. (2)

Isothermal modeling with constant viscosity over gap height leads to the more com-
monly known equation derived in [13,25] with F1 = h3/12η and F2 = h/2. Here, the oil
viscosity is not constant across the gap height (z-direction). J0h, J1h and J2h are necessary
to integrate viscosity considering various exponents of the gap height h. By introducing a
parabolic ‘global’ ansatz function for the temperature across the gap, the need to include a
3D mesh for the energy equation is avoided, heavily reducing the computational cost. In
order to determine the temperature distribution along and across the oil film, the energy
equation for fluids has to be solved simultaneously.

2.1.2. Temporal and Convective Inertia in the Reynolds Equation

Hamzehlouia in [18] developed a model that can approximate the pressure distribution
in fluid film bearings including inertia effects. Based on a perturbation calculation and
assuming that inertia has no effect on the fluid velocities, Hamzehlouia derived an extended
Reynolds Equation (3) from the Navier–Stokes equations that includes inertia terms.
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+ G1(x, y) + G2(x, y). (3)

where G1 and G2 are the extended parts and depend on the pressure distribution without
inertia effects. G1 in Equation (4) describes the temporal (fluid flow caused by change in
fluid velocity over time) inertia and G2 in Equation (5) takes convective (fluid flow caused
by a change in the fluid velocity due to its change in position) inertia into account:
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192



Lubricants 2024, 12, 253

G2(x, y) =
ρ̄2

12η̄3

(
− 5h5

20

(
∂h
∂x

)2(∂p0

∂x

)2
− 5h6

144
∂2h
∂x2

(
∂p0

∂x

)2
− 5h6

72
∂h
∂x

∂p0

∂x
∂2 p0

∂x2

− 7h6

72
∂h
∂x

∂p0

∂x
∂2 p0

∂x2 − h7

72

(
∂2 p0

∂x2

)2

− h7

72
∂p0

∂x
∂3 p0

∂x3

− 7h6

144
∂h
∂x

∂2 p0

∂x∂y
∂p0

∂y
− h7

144
∂3 p0

∂x2∂y
∂p0

∂y
− h7

144

(
∂2 p0

∂x∂y

)2

− 7h6

144
∂h
∂x

∂p0

∂x
∂2 p0

∂y2 − h7

144
∂2 p0

∂x2
∂2 p0

∂y2 − h7

144
∂p0

∂x
∂3 p0

∂x∂y2

− 5h6

144
∂h
∂x

∂2 p0

∂x∂y
∂p0

∂y
− 5h6

144
∂h
∂x

∂p0

∂x
∂2 p0

∂y2 − h7

144
∂3 p0

∂x∂y2
∂p0

∂x

− h7

144

(
∂2 p0

∂x∂y

)2

− h7

144
∂2 p0

∂y2
∂2 p0

∂x2 − h7

144
∂p0

∂y
∂3 p0

∂x2∂y
− h7

72

(
∂2 p0

∂y2

)2

− h7

72
∂p0

∂y
∂3 p0

∂y3

)
.

(5)

The extension term G1 consists primarily of the gap function and the time derivatives
of the gap function. G2 depends mainly on the pressure gradients, the gap function and the
gradient of the gap function in circumferential direction. The gap is assumed to be constant
in axial direction [18]. Solving Equation (1) gives the pressure distribution p0 without
inertia effects. It is used in Equation (3) to return the pressure distribution p1, including
the complete inertia. San Andrés provides the implementation of temporal inertia effects
with linearization without a perturbation method and by neglecting the pressure gradients,
as shown in Equation (6) [26]:

G1(x, y) =
ρ̄2h2

12η̄

∂2h
∂t2 ; G2(x, y) = 0. (6)

This model is more time efficient, and compared to Hamzehloiuia’s temporal inertia
effects, the results are very similar. Figure 5 shows the forces Fx and Fy for a circular orbit
around the centerline.

Figure 5. Comparison of inertia models for circular orbits around centerline.
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A 3D-CFD simulation is assumed to provide the reference solution for the hydrody-
namic bearing forces. The 3D-CFD simulations of the two-phase fluid flow inside the SFD
were performed using the code OpenFOAM, which is based on the finite volume method
and uses time-dependent, three-dimensional, incompressible Navier–Stokes equations.
The computational domain of the simulation is enclosed by three geometrical boundaries:
the inner moving solid wall, the outer fixed solid wall and the axial open ends of the fluid
film. In the numerical setup, individual boundary conditions must be specified for the flow
variables. Zero gradient conditions apply for pressure and volume fraction at the fixed
solid walls, as well as no-slip conditions for the velocity. At the open ends, the ambient
pressure is specified and the volume fraction is set to one. The dynamic mesh motion is
defined by the displacement of the boundary points. For this purpose, the temporal and
spatial displacement of the inner moving wall is implemented and a velocity distribution
of each individual mesh point is obtained. The moving mesh is characterized by stretching
and squeezing of the volume cells within the fluid film, which results in a change in the
local film thickness. In the previous work of Schmidt et al. [27] and Reinke et al. [28], it was
determined that a minimum number of cells must be applied to the squeeze film in the
radial direction. The sensitivity test of a squeezed lubrication film carried out showed that
six cells applied across the film achieves the acceptable radial resolution for the expected
flow conditions. The overall mesh size contains 2.8 million cells with respect to the cell
aspect value due to cell deformation, which is below the maximum value of 10 proposed
by Kistner [29].

FEM solutions without any inertia effects, with temporal inertia effects only and with
complete (temporal + convective) inertia effects are generated. The FEM solution without
inertia effects has almost the same amplitude as the FEM solution with complete inertia,
but there is a phase shift between these two solutions. The complete inertia model shows a
better agreement with the 3D-CFD results. The temporal inertia model shows the largest
deviation from the 3D-CFD results in this case. In Figure 6, the same comparison is
performed as in Figure 5 but with an off-centered orbit.

Figure 6. Comparison of inertia models for circular orbits around off-center position.

The complete inertia model once again shows a better agreement with the reference
3D-CFD solution.
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2.1.3. Energy Equation in the Oil Film

The energy equation of the oil shown in Equation (7) is simplified by considering
similar order-of-magnitude assumptions as in the Reynolds equation [30]:

hρ̄c̄p

(
ū

∂T
∂x

+ v̄
∂T
∂y

)
− ∂

∂x

(
hλ̄

∂T
∂x

)
− ∂

∂y

(
hλ̄

∂T
∂y

)
− λ̄

[
∂T
∂z

]h

0
= φ̄hyd. (7)

On the left-hand side are the convection and conduction terms, and on the right-hand
side is the hydrodynamic dissipation as a source of energy. The equation is integrated
over the gap height to solve it on the same 2D mesh as the pressure distribution. The fluid
velocities (Equation (8)) and the hydrodynamic dissipation (Equation (9)) are integrated
over the gap height using the Dowson integrals from Equation (2):

ū = − F1

h
∂p1

∂x
+

uJ

h
F2,

v̄ = − F1

h
∂p1

∂y
,

(8)

φ̄hyd =
u2

J

J0h
+ F1

(
∂p1

∂x

)2
+ F1

(
∂p1

∂y

)2
. (9)

To calculate these terms, the pressure distribution p1 and the velocity of the journal uJ
are required [31].

2.2. Finite Element Formulation of the Thermo-Hydrodynamic Equations

The Reynolds equation is solved using the Finite Element Method on a 2D mesh.
The FE formulation is given in Equation (10) [25,31]:

∫
Ω

ρ̄F1

(
∂ψi
∂x

∂ψj
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+

∂ψi
∂y

∂ψj

∂y

)
dΩ · p1j =

∫
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(
ρ̄uuJ F2

∂ψi
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+
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∂t
hψi + ρ̄

∂h
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ψi + G1(x, y)ψi + G2(x, y)ψi + ṁΩψi

)
dΩ +

∫
Γ

ṁΓψidΓ.

(10)

The Reynolds equation is now a hyperbolic differential equation with a space-and-
time-dependent density. If the problem has dominant convection, the numerical solution
will show non-physical oscillations. Therefore, upwinding techniques are necessary to
remove these oscillations [32]. Following this path, ρ̄u is the upwind density. To integrate
the density ρ̄u, a term is added to the shape function ψi to move the integration point
streamline upwards. The added term mostly depends on the stream direction uJ/|uJ |.
This is called the streamline upwind Petrov–Galerkin (SUPG) method [33]. Using this
method, oscillations in the axial direction may still occur if the density gradient in the axial
direction is high due to pressure/density boundaries at the SFD ends and lower cavitation
pressure. Discontinuity Capturing solves this problem by adding another term to ψi, which
is controlled by the sign of the density gradient in axial direction (∂ρ̄/∂y)/|∂ρ̄/∂y| [34].
Equation (11) shows the FE formulation of the energy equation for fluids.
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dΩ · Tj =
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Wi

(
φ̄hyd + 6

λ̄

h
(
TJ + TC

))}
dΩ.

(11)

It is solved on the same 2D mesh as the hydrodynamic pressure equation. This
diffusion-convection problem is also typically convection-dominated, making upwinding
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necessary to obtain useful results [31]. SUPG is also used here to remove oscillations.
The shape function ψi is extended by a perturbation term Pi to move the integration points
streamline upwards like Wi = ψi + Pi. Stream direction can be identified by the fluid
velocities ū and v̄ to account for circumferential and axial flow. Unlike the density in
the Reynolds equation, all shape functions of the energy equation are modified by the
upwinding term [31,32].

3. Experimental Setup

Despite the significant efforts to understand and mathematically describe the me-
chanics of squeeze film damping, the SFD system is complicated and—in the presence
of piston ring sealing and deep circumferential grooves—exhibits areas which are not
yet well understood and analyzed. An experimental validation is therefore imperative
to demonstrate the benefits and shortcomings of the analytical techniques employed. In
Figure 7, a novel test rig, operated at the University of Kassel (UKS), is shown in order to
perform full-scale tests of squeeze film dampers (SFD). It consists of a shaft that is enabled
by the design of the suspension to perform an orbital motion.

Figure 7. CAD view.

Two electromagnetic shakers, one for vertical and one horizontal direction, cause the
shaft to move on a pre-described orbit. During operation, shaft and housing are separated
by a thin pressurized oil film, which simulates restoring forces comparable to an unbalanced
loading of a rotating shaft. Due to its modular design, the test rig can be operated with
different bearing geometries regarding clearance, groove or oil-supply holes. Similar to
the test rig of San Andrés, the circular motion is realized by control of the input of the
two shakers [20–22].

In comparison to the test rig of San Andrés, the shaft of the UKS test rig executes
the circular movement and is directly mounted to the shakers without additional support.
The shaft has similar dimensions to San Andrés, and under operation, the relative eccen-
tricities can reach up to 0.9. Additionally, the dimensions of the test rig has been optimized
to shift the natural frequencies of the moving parts above the operating range. In this way,
tests at high operating frequencies can be performed, which cover the typical range of
rotational speeds of aero engines.

The main mechanical components of the system under test are shaft, housing, force
measuring flanges and spring sheets connecting the shaft to the shakers (Figure 8). The or-
bital motion of the shaft is enabled by use of spring sheets with a high axial stiffness to
transmit the forces provided by the shakers. Laterally, the plates are flexible to minimize
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the reaction forces on the perpendicular axes. The scaling of the smaller shaft, in contrast to
the larger shaft, allows the test stand to reach all operating points. In the case of the the
larger shaft, occurring accelerations and forces render reaching operating points impossible.
The oil is pre-heated within a heat exchanger and supplied to the pressurized film by an
oil pump. Prior to test runs, the test rig is heated by the oil flow for several hours until
constant temperature of shaft and housing is reached. In addition to temperature, different
inlet oil pressures, operating frequencies and eccentricities can be set. Additionally, the SFD
test rig can be supplemented with piston rings and a circumferential oil-supply groove in
the housing. Figure 9 shows the test rig setup at the University of Kassel.

Figure 8. Schematic view.

Figure 9. Squeeze film damper test rig at the University of Kassel.

The central parameters on this test stand are measured and recorded at various
points. This includes 17 temperature measuring points located inside and outside of the
shaft housing, the shaft and oil supply. Additionally, sensors for volume flow and oil
pressure (3×) are mounted within the oil system. Measurement setup is completed by
five accelerometers located on housing, each shaker table and frame. The most important

197



Lubricants 2024, 12, 253

measurement variables include force and displacement. Figure 10 shows a detailed view of
the test rig, highlighting the position of the measured variables.

Figure 10. Detailed view of the housing with shaft.

Both shakers are connected to the spring plates by a force measuring flange. These
flanges are equipped with strain gauges and have been force-calibrated prior to the mea-
surement campaign in a universal testing machine. The orbit of the shaft is measured on
both sides of the housing by two eddy current sensors and used to control the shakers.
For each test, an inlet oil pressure and temperature is set and both stationary and transient
operating points of frequency and eccentricity can be conducted by the dynamic control
scheme. In addition, a second control loop can be applied to move the center line of the
shaft statically in the housing and maintaining the desired position throughout the test.
Positioning of the shaft is a crucial step carried out after every modification to the experi-
mental setup. The position of the shaft in the housing is of central importance for the results
of the test. Even small changes will result in a large effect on the resulting forces and the
position of the orbits. However, it is not possible to determine the absolute position of the
shaft in relation to the housing as the eddy current sensors can only measure the relative
position of the shaft. The absolute position of the shaft relative to the housing is determined
by the alignment curve. The alignment curve, which is also important for determining the
static and dynamic eccentricity of each test point, is traced through the static movement of
the shaft in the housing over the full circumference under a defined force.

In order to compare hydrodynamic forces of the test rig results with simulation, the
inertia forces of the moving components have to be subtracted from the measured forces.
The forces caused by bending of the spring sheets are very small compared to the fluid
forces and can be neglected.

4. Results and Discussion

The comparison of measurement and simulation covers the range of one orbit around a
slightly off-centered position (see Figure 11). The amplitudes of the measured eccentricities
in both directions, x and y, are almost equal, which means the orbit is more circular than
elliptical. The phase shift between ex and ey is 90◦.

Figure 12 shows the meshed SFD model which is used to solve the Reynolds and
energy equation. The experimental setup used a typical aircraft engine SFD length (L)-to-
diameter (D) ratio of L/D = 0.2. At the side ends of the SFD, pressure is set to atmospheric
pressure. Oil flows into the SFD through three feed holes where the measured flow is set
as the natural boundary condition. The algorithm of Kumar and Booker exhibits a large
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cavitation area (marked with dark blue). At inlet holes, the cavitation area decreases over
time as the oil flows in.

Figure 11. Eccentricity of measurement.

Figure 12. SFD mesh with exemplary pressure distribution.

For the given motion as given in Figure 11, both the resulting forces within the
experiment and the calculated forces from the simulation can be compared. Figure 13
shows a good correlation of measurement and simulation for Fx and Fy. Except for the
deviation around t/tre f = 1, amplitude matches well and the phase is almost identical.
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Figure 13. Forces Fx and Fy of measurement.

Oil flow out of the SFD’s ends is shown in Table 1. It is averaged over one orbit. The
deviation of measurement and simulation is shown below.

Table 1. Comparison of oil flow out of the SFD.

Measured q/qre f [−] Simulation q/qre f [−] Rel. Deviation

0.450 0.422 6.22%

5. Conclusions

In this work, an experimental setup for the validation of models of squeeze film
dampers has been presented. Detailed thermo-hydrodynamic SFD bearing models were
developed by focusing on inertia, cavitation and thermal effects. The 2D FEM models
based on the Reynolds equation were compared with 3D-CFD models. It was shown that
the inertia effects should be taken into account when high physical accuracy is required.
Furthermore, the numerical simulation results were compared with experimental data and
showed a very good agreement. This work is currently being extended to squeeze film
dampers with a circumferential groove and piston rings. Different oil-supply pressures,
oil-supply temperatures, different bearing eccentricities and different orbiting speeds
are considered. In order to compare between different SFDs, the inertia and damping
coefficients will be extracted from the experimental data. A comparison will also be
made with the coefficients obtained from the numerical simulations. Finally, back-to-back
experiments will be performed with and without oil in the SFD to identify the influence of
the SFD forces.
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Abstract: Understanding the tribological behavior of elastomers in dry conditions is essential for
sealing applications, as dry contact may occur even in lubricated conditions due to local dewetting.
In recent decades, Persson and co-authors have developed a comprehensive theory for rubber contact
mechanics and dry friction. In this work, their model is implemented and extended, particularly by
including static friction based on the bond population model by Juvekar and coworkers. Validation
experiments are performed using a tribometer over a wide range of materials, temperatures and
speeds. It is shown that the friction model presented in this work can predict the static and dynamic
dry friction of various commercial rubber materials with different base polymers (FKM, EPDM and
NBR) with an average accuracy of 10%. The model is then used to study the relevance of different
elastomer friction contributions under various operating conditions and for different roughness of
the counter surface. The present model will help in the development of novel optimized sealing
solutions and provide a foundation for future modeling of lubricated elastomer friction.

Keywords: rubber; elastomer; friction; simulation; seals; viscoelasticity; roughness; contact mechanics

1. Introduction

Many academic institutions and companies have a long history in the research of
sealing components. Nevertheless, there are still some significant aspects of rubber seals
that are not fully understood. One example is the physical interactions happening in
the frictional contacts of dynamical seals. From the perspective of Freudenberg as a seal-
ing and lubricant manufacturing company, improved understanding of such tribological
phenomena in sealing contacts is crucial.

When designing new sealing elements and novel elastomers for sealing applications,
engineers must strike a balance between several, sometimes conflicting, requirements. On
the one hand, tightness, i.e., the primary sealing function, must be ensured. On the other
hand, efficient designs with high lifetime, i.e., with controlled friction and wear, are also
desired. Ultimately, developers must rely on a good understanding of tribological and
sealing behavior under a wide range of operating conditions to ensure design efficiency
and reliability. This need applies to several sealing components. The classical example
is the radial shaft seal, which heavily relies on friction at the sealing edge to ensure
proper operation during shaft rotation [1]. However, even static seals like O-rings can
undergo motion once systems are pressurized or depressurized [2], typically after long
standstill times.

Predictive friction models for elastomers in dry and lubricated conditions will help
speed up the development process in terms of seal design and material selection, improve
the transferability between tests and actual product operation and give valuable guidelines
for the development of new materials. All of this will reduce costs and/or increase sales.

Such models must consider several aspects of a tribological contact. First, typical
engineering surfaces are rough, and, when pressed together, do not come into contact

Lubricants 2024, 12, 250. https://doi.org/10.3390/lubricants12070250 https://www.mdpi.com/journal/lubricants203



Lubricants 2024, 12, 250

everywhere, which has been well known since the ground-breaking work by Greenwood
and Williamson [3]. Adhesive or abrasive friction processes take place at these contact
spots [4]; close to the contacts, additional losses occur through viscoelastic damping in
elastomers when they slide on a hard, rough counterface. Extensive theoretical develop-
ments on the calculation of the contact area between rough surfaces were performed by
Persson [5]. In the past 20 years, his theory has been extensively tested [6] and extended,
e.g., for adhesion [7], layered materials [8] or plasticity [5,9]. It has also been applied
successfully to calculate the static leakage of polymeric [10–12] and metallic seals [13], the
latter including elastoplastic material behavior, as a function of surface roughness. Other
numerical methods have also been used to predict sealing performance of systems under
operation, e.g., Boundary Element Methods for metallic face seals [14] or Finite Element
Analysis for rubber sealing cylinders [15].

In terms of solid body friction, Persson’s seminal paper from 2001 already considered
viscoelastic dissipation in rubbery materials [5]. More recent developments also consider
other sliding friction contributions acting in the contact spots [16,17]. It should be noted
that most of the papers on friction focus on tire compounds, seeing limited application to
sealing elastomers [18] up to now.

An additional aspect to consider is the presence of fluids in the contact—be it spe-
cialized lubricants or simply the sealed media—which can reduce solid-body contact
and friction through different mechanisms. At high speeds, hydrodynamic lift separates
the surfaces, resulting in the well-known Stribeck curve [19]. This is modeled through
the well-established Reynolds equation [19]. The effect of surface roughness on flow
is either modeled deterministically or accounted for by flow factors from homogeniza-
tion approaches [20] and from contact mechanics results [21]. At low sliding speeds, the
boundary lubrication regime is deeply affected by wettability effects (i.e., the spreading
coefficient) between the elastomer, counterface and lubricant [22] (Figure 1). First modeling
approaches are presented in the literature [23,24], but many aspects, particularly regarding
the interaction with roughness, are still unknown.

Figure 1. Boundary friction coefficient for FKM 1 with simple fluids and commercial oils
(PAO = polyalphaolefine, PG = polyglycol).

Overall, the state of the art lacks a theory coupling realistic roughness contact, material
properties and surface–fluid wetting interactions which determine friction under boundary
lubrication. To fill this gap, a necessary step is to improve our modeling of dry elastomer
friction, since this constitutes the main reference to compare the lubricating action of
different fluids (see Figure 1). Moreover, unlubricated contact spots will likely persist even
in presence of lubricants [23], and their contact and friction behavior must be correctly
quantified before envisioning an extension to surface–fluid wetting.

204



Lubricants 2024, 12, 250

In this work, we tackle the following aspects of dry elastomer friction. First, we test the
applicability of state-of-art friction models [16] to typical sealing elastomers in a wide range
of sliding speeds and temperatures and compare their results to tribological experiments.
Second, we analyze which friction contributions are the most relevant in typical sealing
systems. Third, we propose an extension of the current theory to quantify breakloose
friction as a function of standstill time.

2. Materials and Methods

2.1. Experimental Methods
2.1.1. Elastomer Materials and Their Characterization

We consider four commercial fully formulated elastomer compounds with various
base polymers (FKM, NBR and EPDM). An overview is provided in Table 1: all materials
except FKM 2 were provided by Freudenberg Sealing Technologies. FKM 2 was acquired
from a different supplier. All materials come in 2 mm thick slabs, from which different
samples for material characterization or tribological testing are punched out.

Table 1. Overview of the elastomer materials. The reported glass transition temperature Tg was
obtained from Dynamic Mechanical Analysis performed at 0.1 Hz.

Material
Typical

Application
Color

Cross-
Linker

Fillers
Shore

Hardness
Tg (◦C)

FKM 1 Radial
shaft seals

Red–
brown Bisphenolic Mineral 75 −8 ◦C

FKM 2 O-rings Dark
brown Bisphenolic Mineral 90 −6 ◦C

NBR Radial
shaft seals Blue Sulphuric Mineral 75 −20 ◦C

EPDM O-rings Black Peroxidic Carbon
black 75 −44 ◦C

Dynamic Mechanical Analysis (in shear mode, with a 1% strain amplitude) is per-
formed for each elastomer using a dynamical–mechanical material tester EPLEXOR 2000N
(GABO Qualimeter GmbH, Germany). The machine performs temperature and frequency
sweeps, which are automatically combined into master curves through a WLF shift proce-
dure [25]. A typical example is provided in Figure 2, showing the frequency evolution of
the storage and loss moduli G′(ω) and G′′(ω) and the loss tangent tan(δ) for FKM 1. We
consider rubber incompressible (i.e., Poisson ratio of ≈0.5) in all conditions.

Figure 2. Master curves of the shear moduli G′, G′′ and the loss tangent tan(δ) as a function of
excitation frequency for FKM 1 at 20 ◦C.
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2.1.2. Surfaces and Their Characterization

Surface topography data for the elastomers and the steel counterface are measured
using White Light Interferometry (WLI) on a Bruker NPFLEX device. The measured
domains were approximately 1.3 × 1.7 mm2 large, with a lateral resolution of 1.27 μm in
both epitaxial directions. On each material, measurements were performed 2–3 times to
ensure that statistically representative surface patches were selected.

Figure 3a shows the ground 1.2842 (90MnCrV8) steel countersurface used in the tribolog-
ical experiments: one can note the anisotropic features typical of its manufacturing process.

 

Figure 3. Roughness topography of (a) the ground counterface and (b) worn rubber. (c) Directional
and angular average PSDs of the ground steel counterface. A polished surface is also shown for
comparison purposes. (d) PSDs of worn rubber surfaces (gray) and their average (black).

For the elastomers, topography measurements were performed mainly on worn
surfaces. In fact, our tribological tests show that the skin from the rubber molding process
is usually removed after very few sliding cycles, so a worn state is representative of most
of the experiment. Figure 3b presents a typical example showcasing the isotropic nature of
the worn elastomer roughness.

In our simulations based on Perssons’ theory, height data needs to be transformed
into their power spectral density [9]—also called PSD or C(q), where q =

(
qx, qy

)
is

the wavevector. After removing tilt and curvature from measured data, followed by
Hann windowing [26], the PSD can be calculated through an FFT algorithm [27]. Radially
averaged power spectra for selected worn elastomers are shown in Figure 3d. Due to
their similar magnitude and slope, all curves were averaged into one (the solid black
line), which we used in our calculations as a representative worn rubber surface. The
radially averaged PSD for ground steel is also depicted in Figure 3c, together with the PSD
curves for the x and y directions. In the calculations, we employed the full C

(
qx, qy

)
to

account for anisotropy. Note that the PSD of the roughness parallel to the surface “grooves”
(x-direction) is comparable to the angular average of a polished surface.

2.1.3. Tribological Testing

A custom-built reciprocating test rig was used to measure static and dynamic friction
of the rubber materials. In this setup (see Figure 4), the elastomer samples are normally
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loaded using a pressurized pneumatic bellow. The reciprocating counterface motion relative
to the rubber is driven by a linear motor with speeds ranging from 0.5 mm/s to 1 m/s.
The setup is installed in a climate chamber (Binder MKF 720) that allows testing of friction
and wear between −40 ◦C and 150 ◦C. The experimental parameters used for the rubber
materials are listed in Table 2.

Figure 4. Schematic illustration of test setup.

Table 2. Test conditions.

Parameters Conditions

Stroke 50 mm
Sliding Speeds 1–300 mm/s

Waiting Times Between Strokes 1–3600 s
Temperatures −40–100 ◦C (80 ◦C for NBR)
Normal Load 40 N (approx. 1.3 MPa nominal contact pressure)

The normal and friction force are measured using force transducers (Burster 8524,
Burster Präzisionsmesstechnik, Gernsbach, Germany and ME KD80s, ME-Meßsysteme,
Henningsdorf, Germany, respectively). The static friction value is defined as the maximum
friction force when relative movement starts after waiting, and the dynamic friction value
is averaged over the central 30 mm of the 50 mm stroke when conditions are steady.

Punched elastomer discs (2 mm thickness and 20 mm diameter) are installed in a
specially designed pin. After mounting, the rubber samples assume a spherical shape with
a radius of curvature of approx. 22 mm to the rubber (see Figure 4). This way, reliable
friction testing can be achieved using readily available rubber sheets, while avoiding edge
effects typical of flat pins with sharp borders. The geometry and chosen loading conditions
result in an average contact pressure of approx. 1.3 MPa, which is in line with typical
sealing applications. The setup allows for reproducible measurements without noticeable
friction instabilities, e.g., stick-slip, over the whole speed and temperature range.

2.2. Simulation Methods
2.2.1. Contact Area Calculation

When the rubber is pushed against the counterface with a given external load FN the
nominal contact area A0 and pressure σ0 = FN/A0 can easily be calculated using analytical
(e.g., Hertzian) formulations or finite element methods.

Friction processes are, however, strongly dependent on the true area of contact Atrue,
generally a small fraction of A0 in the case of rough surfaces. Both Atrue and the rela-
tive contact area Arel = Atrue/A0 between the elastomer surface and steel counterface
can be predicted using Persson’s theory. The reader can refer to several papers for its
derivation [5,28] and comparisons to other calculation methods [6]. At its core, this theory
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involves solving a diffusion equation for the probability distribution of contact stresses
P(σ, q) with increasing high-frequency surface roughness content:

∂P
∂q

= f (q)
∂2P
∂σ2 . (1)

The diffusion coefficient f (q) depends on the nominal contact pressure σ0 = FN/A0,
the combined roughness power spectral density C(q) = C(q)elastomer + C(q)steel and the
equivalent contact modulus E∗. As the rubber accommodates most of the deformation,
E∗ = 1+2ν

1+ν2 G∗(T, ω), where G∗(T, ω) is the temperature and frequency dependent shear
modulus of the rubber from DMA and ν = 0.5 is its Poisson’s ratio.

Our numerical implementation of Equation (1) includes quartic correction factors
for the elastic energy and stress broadening from [29]. Once solved for the probability
distribution of contact stresses P(σ, q), the relative contact area is obtained:

Arel(q) =
∫

P(σ, q)dq. (2)

2.2.2. Dynamic Elastomer Friction and Its Contributions

The elastomer friction model used in this work bases on recent works by Persson and
coworkers [16]. Here, three main contributions to friction are considered:

μtotal = μcontact + μviscoelastic + μcrack. (3)

Their physical meaning, where they occur and details on their modeling are discussed
below.

μcontact: This contribution acts in the real contact area between rough surfaces, and can
be expressed as follows [16]:

μcontact =
τf Arel

σ0
+ μtransfer. (4)

The two terms correspond to separate friction mechanisms. In the first, polymer chains
attach to the countersurface, are stretched and finally detach, dissipating the stored energy
as friction losses. According to [16], the resulting interfacial shear stress τf is expressed as a
semi-empirical master curve:

τf (v) = τ0 exp

(
−c

[
log10

(
v
v0

)]2
)

, (5)

where v is the current sliding speed and v0 = 1 mm/s is a fixed reference velocity. Both
the dimensionless constant c ≈ 0.25 and the maximum shear stress τ0 at v = v0 are
elastomer-dependent parameters.

The master curve in Equation (5) relies on an Arrhenius-type shifting to calculate the
frictional shear stress τf (v, T) = τf (a′T(T) · v) at different temperatures. The shift factor a′T
is given by [16]:

ln
(
a′T

)
=

ε

kB

⎛
⎝ 1

T
− 1

T0
− 1

(T g − 20K
) +

1
Tg,0

⎞
⎠. (6)

Here, the reference temperatures T0 = 20 ◦C for the master curve Equation (5) and
Tg0 = −38 ◦C for the glass transition are fixed [30]. Tg is the glass transition tempera-
ture of the bulk elastomer, with a correction of 20 K accounting for the lower Tg of thin
polymer films compared to the bulk material [16]. Finally, the activation energy ε is an
elastomer-dependent parameter of the order of 1 eV.
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For the commercial rubber materials for sealing applications tested in this work, we
found that τ0 in Equation (5) can be expressed as:

τ0(T) =
E∗(T)

k
, (7)

where the factor k is a material-dependent constant of order unity.
Overall, the resulting bonding friction coefficient τf Arel/σ0 shows a bell-like depen-

dence with the sliding speed. Although the model from Equations (5)–(7) appears of
empirical nature, it can match more complex theories accounting for the molecular mecha-
nisms of the bonding process in the contact zones. In [31], rate constants for bond formation
and breakage were related to the bond activation energy and the strain energy acting on
stretched chains during sliding, ultimately resulting in a dimensionless expression for the
shear stress:

τ̂ =
τ(T, v)

τ0τ∗
=

(
1
V̂

)
exp

(
u
V̂

)
1 +

(
1
V̂

)
exp

(
u
V̂

)
E1

(
u
V̂

)[
G1

(
u
V̂

)
− ln

(
u
V̂

)
E1

(
u
V̂

)]
, (8)

where E1 and G1 are exponential integral functions defined as:

E1(x) =
∫ ∞

x

e−y

y
dy, G1(x) =

∫ ∞

x

e−y

y
ln(y)dy. (9)

Other quantities in Equation (8) are the dimensionless sliding velocity V̂(T) = a′T(T) · v/v0,
the bond activation energy parameter u and the shear stress scaling factor τ∗.

As the models proposed in [16,31] both describe the bonding friction contribution as
a function of the sliding velocity, they should provide similar results. One can thus seek
suitable relationships between the parameters of Equations (5)–(7) and u, τ∗ in Equations
(8) and (9). Based on a numerical parametric study, the following heuristic expressions
were obtained for the calculation of u and τ∗:

u = exp
[
−(0.578c + 0.0325)−1

]
, τ∗ = (1.8c + 0.0384)−1. (10)

Table 3 summarizes all friction model parameters for the four considered elastomers.

Table 3. Friction model parameters of Equations (5)–(7) and Equations (8) and (9) for the four
elastomer materials. Here, k, c and ε are determined from the friction experiments in Section 3.1,
while u and τ∗ are calculated from Equation (10).

Material k [ - ] c [ - ] ε [eV] u [ - ] τ∗ [ - ]

FKM 1 2.2 0.16 0.89 3.35 × 10−4 3.06
FKM 2 2.0 0.19 0.89 9.12 × 10−4 2.62
NBR 2.8 0.29 1.1 6.73 × 10−3 1.78

EPDM 1.7 0.19 0.77 9.12 × 10−4 2.62

The second friction contribution in Equation (4), i.e., μtransfer, accounts for the forma-
tion and shearing of an elastomer transfer film in the contact spots. This process occurs in
almost all tribological applications involving dry sliding of rubber, where the molding skin
of the elastomer is quickly worn and deteriorated polymer chains adhere to the counter
surface, forming a thin rubbery layer. In our experiments, such transfer films form and
contribute to the friction coefficient at all speeds and temperatures—i.e., regardless of
whether the elastomer displays a rubbery or a glassy response. The exact physical origin
of this contribution is still unclear: it has been attributed to hard fillers of the elastomer
scratching the counter surface [17] or the thermoplastic-like behavior of the rubber material
in its glassy state [16]. We speculate that it may be due to inter-chain friction between the
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chains still attached to the polymer and those transferred to the counterface. This would
explain why it is present at all temperatures and speeds, as well as with elastomers that
have no hard fillers capable of scratching the counterface. In any case, friction related to the
shearing of the transfer film can be best quantified at temperatures below glass transition,
where other contributions to the friction coefficient vanish. For the simulations presented
here, we use μtransfer = 0.4, in good agreement with [16].

μviscoelastic: Viscoelastic friction occurs in a bulk elastomer in contact with a rough hard
countersurface, whose asperities lead to a pulsating excitation and energy losses in the
rubber as sliding occurs. The viscoelastic dissipation is highest at excitation frequencies cor-
responding to the maximum of the loss modulus of the elastomer. Persson and coworkers
have developed a comprehensive model to calculate this contribution in prior decades [5],
including a model to calculate the local temperature increase due to the sliding [32,33]
which is also incorporated in the present model.

μviscoelastic =
1
2

∫
q

q3C(q)S(q)Arel(q)

[∫ 2π

0
cos φ Im

[
E∗(qvcos φ, Tq

)
σ0

]
dφ

]
dq, (11)

where the correction factor S(q) has been adapted from [29]:

S(q) = 1 − 2
9

(
1 − Arel(q)

2
)
− 2

3

(
1 − Arel(q)

4
)

. (12)

In Equation (11), Im(E∗) is the loss modulus of the elastomer at the contact tempera-
ture Tq and frequencies related to the sliding speed v and roughness wavevector q. The
factor cos φ and the related integral account for the angle between the sliding direction
and roughness at different wavelengths, so that the impact of anisotropic roughness on
viscoelastic friction is modeled correctly. One can also recognize further contributions of
the surface roughness in C(q) and of the relative contact area Arel(q).

μcrack: the crack opening contribution to friction occurs at the edges of the real contact
area as two surfaces are separated under pull-off, rolling or sliding. The opening of the
contact edge is similar to a Mode-I crack propagating in the rubber material, causing
viscoelastic losses depending on the crack radius, propagation speed and the dimension
of the contact spots [34,35]. This friction contribution is relevant for rolling contacts, but
under pure sliding it is expected to only play a minor role on total friction [35].

2.2.3. Static Friction Model and Its Contributions

We now propose an extension of the dry dynamic friction model to account for
breakloose friction as a function of different standstill times tstandstill. Coherent with the
experiments, the static friction coefficient μstatic = τstatic/σ0 is calculated from the maximum
shear stress τstatic occurring at the onset of sliding.

One should note that, although established in tribology, the wording “static friction”
is a misnomer, as it implies the absence of motion in the system. In reality, microscopic
movements occur at the onset of sliding, be it through a deformation of the bulk mate-
rials [36] and localized siding [37,38], or creep [39] at the sliding interface. Ultimately, it
is reasonable to assume that the same friction phenomena occurring in the contact zones
under dynamic conditions, i.e., under macroscopic sliding, also apply to the microscopic
motion of the breakloose process.

Thus, our static friction model is based on the contributions discussed in the previous
section, with some changes:

μstatic =
τf ,static

σ0
Arel,static + μtransfer + μviscoelastic(Arel,static) + μcrack(Arel,static). (13)

The main difference is a modified contact area Arel,static accounting for relaxation and
creep of the elastomer during standstill under a given normal load. Its calculation employs
the softer contact modulus E∗(tstandstill), which leads to an increased contact area compared
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to sliding conditions. Apart from the constant μtransfer, all other friction contributions scale
up with the ratio Arel,static/Arel,sliding, which can become large when the elastomer has a
glassy response under sliding and a rubbery state during standstill.

The static friction model also employs a modified definition of the bonding shear stress
τf ,static, based on an adapted bond population model from [39]. Here, the time evolution
of interfacial shear stress is expressed in terms of bond formation, bond breaking due to
strain and the resulting interfacial creep velocity through the following set of dimensionless
differential equations (adapted from [39]):

dN̂w
dt̂ =

[
1 − N̂w − N̂s

]− N̂w uexp
(

τ̂w
N̂w

)
, dN̂s

dt̂ = −N̂s uexp
(

τ̂s
N̂s

)
,

dτ̂w
dt̂ = dN̂w

dt̂
τ̂w
N̂w

+ N̂w V̂c, dτ̂s
dt̂ = dN̂s

dt̂
τ̂s
N̂s

+ N̂s V̂c,
d(τ̂w+τ̂s)

dt̂ = V̂ − V̂c.

(14)

Here, t̂ is the dimensionless time, N̂ is the number of interfacial bonds, u the bond
activation energy parameter, V̂ the applied speed, V̂c the interfacial creep velocity and τ̂
the shear stress. Indexes s and w refer to two types of interfacial bonds: so-called strong
bonds, created in the standstill phase, and weak bonds, created in the breakloose phase,
i.e., the time required to achieve macroscopic motion.

Initial conditions for Equation (14) are N̂w = τ̂w = τ̂s = 0 and N̂s
(
t̂ = 0

)
= N̂init.,

i.e., the number of strong bonds created during standstill. A best fit of experimental data
gives N̂init. ≈ 0.025log 10(tstandstill) < 0.1 for typical experimental standstill times ranging
from seconds up to a few hours. The other parameters and scaling for the shear stress in
Equation (14) are the same as in the dynamic friction model and can be found in Table 3.

The differential equations are solved for t̂ <
(

1
V̂

)
exp

(
u
V̂

)
E1

(
u
V̂

)
, i.e., the life ex-

pectancy of bonds from [31] to account for spontaneous bond desorption during the
breakloose phase and subsequent sliding at vanishing velocities. Finally, the breakloose
stress peak corresponds to the maximum stress τ̂f ,static = max

(
τ̂w

(
t̂
)
+ τ̂s

(
t̂
))

. Ultimately,
the evolution of τf ,static with the applied sliding velocity v shows a similar bell curve as the
equivalent friction contribution τf from the dynamic model at low speeds, while at high
speeds τf ,static ∝ ln(v/u) in accordance with [39].

In engineering, static friction is usually modeled as a constant independent on the
operating conditions. It may seem surprising that in the proposed model μstatic actually
depends on the applied sliding velocity, yet this behavior is coherent with the literature
and our experiments (see Section 3.1). This is because both bond formation and breaking
are rate processes, which introduce a time and speed dependence of the shear stress at
the sliding interface. Ultimately, this is the same velocity-dependent bonding contribution
found in dynamic friction, but considered in a different sliding phase: while dynamic
friction focuses on the steady state, static friction models the breakloose process prior to
macroscopic motion.

This can be understood as the shearing equivalent to pull-off experiments for adhesion
testing: Polymeric solids are known to exhibit a strong dependence of the pull-off force
versus the speed [40], linked to interfacial bond breaking and crack opening [41]. Literally
everyone knows that one way to minimize pain when tearing off a bandage from the skin
is to pull very slowly to allow the glue to un-stick.

3. Results & Discussion

3.1. Model Parametrization and Comparison with Experiments

Figure 5 shows typical dynamic friction curves for the four selected elastomers in dry
conditions. Here, the friction coefficient is plotted as a function of the sliding speed, which
varies in the experiments by 2.5 decades. Furthermore, the wide temperature range (from
−20 ◦C up to 80–100 ◦C) covers the rubbery regime for all elastomers and extends to below
the glass transition for the FKM and NBR materials. In Figure 5, the points correspond to
experimental data and the lines to the simulation model.
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Figure 5. Comparison of the dry dynamic elastomer friction model with experimental data: (a) FKM
1, (b) FKM 2, (c) NBR and (d) EPDM.

In the latter, most parameters are fixed, but the constants k, c and ε of Table 3 are
elastomer-dependent and need to be adjusted to experimental data. First, the transfer film,
viscoelastic and crack propagation contributions are determined from the friction model
in Section 2.2.2. They are then subtracted from the total experimental friction coefficient
to obtain the bell-shaped curve for the bonding friction contribution. The height, width
and location of the maximum of this bell-shaped curve relate to k, c and ε, respectively,
allowing to calculate the three friction model parameters through a numerical fit.

In this work, experimental data at all considered temperatures were used as a base for
the fitting procedure. However, we found that the friction model can be well parameterized
from data at a single temperature—generally around ambient—if the chosen (T, v) range
covers adequately the bonding friction contribution and its maximum.

The quantitative agreement of experiments and simulations is generally very good,
with an average deviation between experiment and simulation below 10%, although in spe-
cific conditions (e.g., NBR at 80 ◦C) larger differences are seen. Overall, the model appears
capable of predicting dry elastomer friction for virtually any speed and temperature, with
a relatively small parametrization effort requiring only few tribological experiments.

Furthermore, once the elastomer-dependent parameters k, c and ε have been deter-
mined for sliding conditions, the model can also be applied to quantify breakloose friction.
Figure 6 shows how the static friction coefficient depends on the applied macroscopic
sliding velocity (a–c) and standstill time (d). Additionally, in this case the simulations
capture the main features of the experimental data, with a comparable accuracy to the
dynamic friction model.
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Figure 6. Comparison of the elastomer friction model with experimental data: (a–c) Dependence of
dynamic and breakloose friction on the applied sliding velocity in the experiment. (d) Dependence of
static friction on standstill time, for two given sliding velocities.

3.2. Relevance of Friction Contributions

In the development framework for new sealing product and rubbers, the validated dry
friction model can be used to gain new insights on the tribological behavior of elastomers.
First, one can study the system under conditions which are difficult to access experimentally,
e.g., to quantify friction at very low or high sliding velocities, or for long standstill times of
the order of days or weeks.

Furthermore, the model can be used to analyze which friction contributions are
relevant under given tribological conditions, ultimately providing guidance on how to
optimize a certain system, for instance, by tuning the elastomer properties or the surface
finishing, to obtain a desired friction behavior. We discuss this aspect in the following,
focusing on the operating conditions in temperature and sliding speed first.

Figure 7a shows the simulated friction for FKM 1 at −20 ◦C, well below its glass
transition temperature. As expected, the transfer film μtransfer dominates the friction
process, with the other terms vanishing at sliding speeds above 1 mm/s. At 20 ◦C (see
Figure 7b), contact friction due to interfacial bonds and the transfer film is the most
important contribution at sliding speeds of up to 10 mm/s, while at higher velocities the
viscoelastic term also becomes significant. The contribution of crack opening at the asperity
scale is small throughout the analyzed range of sliding speeds. Increasing the temperature
to 100 ◦C (see Figure 7c) shifts the peak of all contributions to higher sliding velocities,
in accordance with the shift factors a′T for the interfacial bonds and aT for the viscoelastic
friction. This results in μcontact being the only relevant contribution in the considered
velocity range. At even higher sliding speeds beyond 1 m/s, μviscoelastic may also become
significant, but the elastomer would heat up and fail rapidly in dry conditions, which
makes this practically irrelevant for technical systems.
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Figure 7. Dynamic friction contributions for FKM1 at different temperatures: (a) −20 ◦C, (b) 20 ◦C
and (c) 100 ◦C.

In Figure 8, dynamic friction for FKM 2 is compared to the contributions for breakloose
friction at standstill times of a few seconds and a few hours. According to the proposed
model, μtransfer is unchanged, μcrack remains negligible over the whole velocity range and
the bonding and viscoelastic terms change significantly at applied speeds exceeding 1 mm/s.
Both μbonding and μviscoleastic scale up with the contact area ratio Arel,static/Arel,sliding. As
shown in Figure 8d for the two considered standstill times, this quantity becomes signifi-
cantly larger than unity for v > 10 mm/s, where FKM 2 at T = 20 ◦C showcases a glassy
response under sliding and a rubbery behavior during standstill.

In this velocity range, the bonding friction contribution μbonding decays rapidly under
dynamic conditions, as the rate for bond formation is slow compared to the characteristic
time of sliding. However, during standstill strong bonds can form with the counterface
(see Section 2.2.3), which must be sheared during the breakloose process, causing increased
friction. This additional contribution to the bonding term is visualized through the dotted
line in Figure 8b,c. At standstill times of a few seconds or minutes, its impact on the
total friction coefficient remains minor. However, it becomes significant at longer tstandstill
periods, which allow more strong bonds to form at the interface over an increased contact
area Arel,static.

Finally, the viscoelastic contribution also scales up with the ratio Arel,static/Arel,sliding
compared to dynamic friction, leading to a term of the same order of magnitude of the
bonding friction contribution in the v > 10 mm/s velocity range. When summing all static
friction contributions, a second peak can appear at high applied velocities in addition to
the maximum of the bonding friction bell curve. This is, for instance, the case for FKM 1 at
T = 20 ◦C seen in Figure 6a and for FKM 2 in Figure 8c.
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Figure 8. (a) Dynamic friction contributions for FKM 2 at 20 ◦C. (b,c) Static friction contribu-
tions under the same conditions for two different standstill times. (d) Ratio of contact areas
Arel,static/Arel,sliding as a function of the applied velocity v.

We now investigate how the dynamic friction contributions vary as a function of
surface roughness. Up to now, the reference surface was the ground steel sample mentioned
in Section 2.1.2, with the sliding direction set as perpendicular to the grinding pattern. The
results are recalled in Figure 9a for reference. In Figure 9b, a similar ground surface is
used, but this time the rubber slides along the surface “grooves”. While the overall friction
coefficient stays approximately constant, two significant changes occur in the friction
contributions. First, the viscoelastic term is strongly reduced as the pulsating excitations
due to roughness and related energy losses in the rubber are suppressed. Second, the
bonding friction contribution rises in the velocity range between 1 mm/s and 1 m/s. Here,
in absence of a high frequency excitation, the elastomer showcases a rubbery response with
a softer contact modulus, leading to an increased contact area and higher μbonding. Similar
trends can be observed when considering a polished counter surface: the viscoelastic
term vanishes completely, leaving contact friction as the only contribution of the friction
coefficient (Figure 9c).

Table 4. Metrics for different countersurfaces: The root mean square roughness height hrms and slope
h’rms are defined in [12]. Uel/A0 is the elastic energy per unit area to form full contact, calculated
according to [9] with a representative contact modulus E∗ =13.3 MPa.

Surface hrms [μm] Uel/A0 [J/m2] h’rms [-]

Ground steel
(perpendicular case) 0.47 0.25 0.28

Ground steel (parallel case) 0.48 0.19 0.18
Polished steel 0.059 0.0071 0.049
Concrete road 141 247 1.22
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Figure 9. Dynamic friction contributions for FKM 1 sliding over different countersurfaces at 20 ◦C,
with their main surface metrics listed in Table 4. (a) Standard configuration with a ground steel surface.
Here, the sliding direction is perpendicular to the roughness pattern of the metal counterface. (b) A
similar ground steel surface, with sliding occurring parallel to the roughness pattern. (c) Polished
steel surface. (d) Concrete road surface.

Based on these results, it may seem surprising that Persson developed a model for
viscoelastic rubber friction first [5], with the contact model following more than a decade
later [30]. Other groups have also focused on the viscoelastic contribution [42]. It should
be noted that most literature on dry rubber friction has mainly treated tire–road contacts.
To understand what difference this makes in terms of friction contributions, we have
performed simulations using data for a concrete road surface from [16], as seen in Figure 9d.
Its root mean square roughness hrms ≈ 141 μm is about 300 times larger than the ground
steel surfaces where hrms ≈ 0.5 μm. A comparison of several important surface metrics in
Table 4 highlights the differences.

Between Figure 9a with Figure 9d, one can see important differences. First, the
viscoelastic contribution is much bigger at all sliding speeds for the concrete road surface,
leading to a significantly increased friction peak at approx. 50 mm/s where the viscoelastic
losses in the elastomer are maximal. This is due to the larger dynamic excitation of
the rubber bulk material during sliding through the increased roughness of the road
countersurface. The latter also leads to a reduction in contact area Atrue under the same
given external load compared to the reference case of Figure 9a, so that the interfacial
bond contribution becomes secondary for the total friction coefficient. Finally, in tire–road
contacts, the rolling motion also leads to an increased crack opening contribution. This
aspect is not considered in our model, which has been fine-tuned for the sliding motion
typical of sealing applications.

Ultimately, it is crucial to ensure that any simulation model provides an adequate
description for the system under study. Specifically for elastomer friction, when looking
into tire contacts, μviscoelastic is indeed a key contribution due to the large roughness of road
surfaces. However, typical engineering surfaces used in sealing applications are orders of
magnitude smoother, such that the contact friction contribution becomes dominant due to
the increased contact area and the reduction of viscoelastic losses.
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4. Summary and Conclusions

In this work, we present a physically based model for the static and dynamic friction of
elastomers in dry conditions. For steady state sliding, we base our approach on the works
of Persson and coworkers. The total friction coefficient is divided into several contributions,
each representative of a separate friction process. Both interfacial bonding and shearing
of a transfer film occur in the true contact area between the elastomer and counterface.
Viscoelastic dissipation occurs in the elastomer bulk, while a crack opening process takes
place at contact edges during sliding.

We then propose an extension of the model to treat static friction. Here, the friction
contributions scale up with the increased contact area due to elastomer relaxation during
standstill. Additionally, the interfacial bonding contribution is improved to account for
creep motion in the breakloose phase, based on bond population models by Juvekar
and coworkers.

After parameterization of only three elastomer-dependent constants, the model can
predict friction for a given rubber–counterface contact at several applied speeds, temper-
atures or standstill times. The model is compared to tribological experiments, showing
good accuracy over a wide range of conditions for four commercial rubber compounds
with different base polymers.

For typical engineering surfaces used in sealing applications, the most important
friction contribution comes from contact area between the rubber and counterface, i.e.,
from interfacial bonding and the transfer film. However, the relative importance of indi-
vidual friction phenomena can change drastically depending on the roughness of the hard
counterbody. When considering sliding over a road surface, viscoelastic friction increases
significantly and becomes the dominant contribution.

From our perspective as a sealing and lubricant manufacturing company, this infor-
mation is crucial to develop novel products and optimized elastomer formulations for
customer applications, as the required changes will depend on the most relevant friction
contributions in each specific case.

Accessing this knowledge is very difficult with traditional approaches based purely on
experiments. The viscoelastic and bonding contributions, both bell-shaped curves with the
sliding velocity, can differ significantly in terms of amplitude and width. These differences
are large enough to change the frictional behavior, depending on the operating conditions.
However, the two contributions overlap over a wide range of speeds and feature similar
temperature shift factors, so it is impossible to accurately discern the two terms by looking
at the total, i.e., experimental friction coefficient.

Conversely, the friction contributions in each tribological system can be quickly pre-
dicted in a quantitative way from the current simulation model for dry elastomer friction.
This will constitute a powerful tool to speed up material and product development, allow-
ing for better transferability between simple tribological tests and actual product operation,
and providing crucial knowledge for elastomer optimization.

Finally, this model can also be used as a solid foundation to model lubricated con-
ditions where dry contact can occur locally depending on the elastomer–fluid wetting
properties [23].

Author Contributions: Conceptualization, F.K. and D.S.; methodology, F.K. and D.S.; software, F.K.
and D.S.; validation, F.K.; writing—original draft preparation, D.S. and F.K.; writing—review and
editing, F.K., D.S. and R.B.; visualization, F.K. and D.S.; supervision, R.B.; project administration,
F.K. and R.B.; funding acquisition, F.K. and R.B. All authors have read and agreed to the published
version of the manuscript.

Funding: This research received no external funding.

Data Availability Statement: Some data presented in this article are not readily available for confi-
dentiality reasons. Requests to access the datasets should be directed to F.K.

217



Lubricants 2024, 12, 250

Acknowledgments: We would like to thank Michele Scaraggi for the fruitful discussions regarding
theory development and implementation. The authors would also like to thank Freudenberg for
permission to publish this work for the 175th anniversary of the company.

Conflicts of Interest: The test specimens examined in this study are the property of Freudenberg Tech-
nology Innovation SE & Co. KG. The authors are employees of Freudenberg Technology Innovation
SE & Co. KG. The results were obtained in the course of their work.

References

1. Kammüller, M. Zum Abdichtverhalten von Radial-Wellendichtringen. Ph.D. Thesis, University of Stuttgart, Stuttgart, Germany,
1986.

2. Müller, H.K.; Nau, B. Fluid Sealing Technology; Marcel Dekker: New York, NY, USA, 1998.
3. Greenwood, J.A.; Williamson, J.B.P. Contact of Nominally Flat Surfaces. Proc. R. Soc. A Math. Phys. Eng. Sci. 1966, 295, 300–319.
4. Persson, B.N.J. Theory of powdery rubber wear. J. Phys. Condens. Matter 2009, 21, 485001. [CrossRef] [PubMed]
5. Persson, B.N.J. Theory of rubber friction and contact mechanics. J. Chem. Phys. 2001, 115, 3840–3861. [CrossRef]
6. Müser, M.H.; Dapp, W.B.; Bugnicourt, R.; Sainsot, P.; Lesaffre, N.; Lubrecht, T.A.; Persson, B.N.J.; Harris, K.; Bennett, A.; Schulze,

K.; et al. Meeting the Contact-Mechanics Challenge. Tribol. Lett. 2017, 65, 118. [CrossRef]
7. Persson, B.N.J.; Scaraggi, M. Theory of adhesion: Role of surface roughness. J. Chem. Phys. 2014, 141, 124701. [CrossRef] [PubMed]
8. Persson, B.N.J. Contact mechanics for layered materials with randomly rough surfaces. J. Phys. Condens. Matter 2012, 24, 095008.

[CrossRef] [PubMed]
9. Persson, B.N.J. Contact mechanics for randomly rough surfaces. Surf. Sci. Rep. 2006, 61, 201–227. [CrossRef]
10. Persson, B.N.J.; Yang, C. Theory of the leak-rate of seals. J. Phys. Condens. Matter 2008, 20, 315011. [CrossRef]
11. Tiwari, A.; Persson, B.N.J. Physics of suction cups. Soft Matter 2019, 15, 9482–9499. [CrossRef]
12. Persson, B.N.J. Fluid Leakage in Static Rubber Seals. Tribol. Lett. 2022, 70, 31. [CrossRef]
13. Fischer, F.J.; Schmitz, K.; Tiwari, A.; Persson, B.N.J. Fluid Leakage in Metallic Seals. Tribol. Lett. 2020, 68, 125. [CrossRef]
14. Pérez-Ràfols, F.; Larsson, R.; Almqvist, A. Modelling of leakage on metal-to-metal seals. Tribol. Int. 2016, 94, 421–427. [CrossRef]
15. Jin, L.; Cheng, Y.; Zhang, K.; Xue, Z.; Liu, J. Axisymmetric model of the sealing cylinder in service: Analytical solutions. J. Mech.

2021, 37, 404–414. [CrossRef]
16. Tiwari, A.; Miyashita, N.; Espallargas, N.; Persson, B.N.J. Rubber friction: The contribution from the area of real contact. J. Chem.

Phys. 2018, 148, 224701. [CrossRef]
17. Tolpekina, T.V.; Persson, B.N.J. Adhesion and Friction for Three Tire Tread Compounds. Lubricants 2019, 7, 20. [CrossRef]
18. Wohlers, A.; Heipl, O.; Persson, B.N.J.; Scaraggi, M.; Murrenhoff, H. Numerical and Experimental Investigation on O-Ring-Seals

in Dynamic Applications. Int. J. Fluid Power 2009, 10, 51–59. [CrossRef]
19. Dowson, D. History of Tribology; Wiley: Hoboken, NJ, USA, 1998.
20. Almqvist, A. On the Effects of Surface Roughness in Lubrication. Ph.D. Thesis, Luleå University of Technology, Luleå, Sweden,

2006.
21. Persson, B.N.J.; Scaraggi, M. Lubricated sliding dynamics: Flow factors and Stribeck curve. Eur. Phys. J. E 2011, 34, 113. [CrossRef]

[PubMed]
22. Bongaerts, J.H.H.; Foutouni, K.; Stokes, J.R. Soft-tribology: Lubrication in a compliant PDMS–PDMS contact. Tribol. Int. 2007, 40,

1531–1542. [CrossRef]
23. Persson, B.N.J.; Mugele, F. Squeeze-out and wear: Fundamental principles and applications. J. Phys. Condens. Matter 2004, 16,

295–355. [CrossRef]
24. Martin, A.; Clain, J.; Burguin, A.; Brochard-Wyart, F. Wetting transitions at soft, sliding interfaces. Phys. Rev. E 2002, 63, 031605.

[CrossRef]
25. Williams, M.L.; Landel, R.F.; Ferry, J.D. The Temperature Dependence of Relaxation Mechanisms in Amorphous Polymers and

Other Glass-forming Liquids. J. Am. Chem. Soc. 1955, 77, 3701–3707. [CrossRef]
26. Jacobs, T.B.; Junge, T.; Pastewka, L. Quantitative characterization of surface topography using spectral analysis. Surf. Topogr.

Metrol. Prop. 2017, 5, 13001. [CrossRef]
27. Persson, B.N.J.; Albohr, O.; Tartaglino, U.; Volokitin, A.I.; Tosatti, E. On the nature of surface roughness with application to contact

mechanics, sealing, rubber friction and adhesion. J. Phys. Condens. Matter 2005, 17, R1. [CrossRef]
28. Yang, C.; Persson, B.N.J. Contact mechanics: Contact area and interfacial separation from small contact to full contact. J. Phys.

Condens. Matter 2008, 20, 215214. [CrossRef]
29. Wang, A.; Müser, M.H. Gauging Persson Theory on Adhesion. Tribol. Lett. 2017, 65, 103. [CrossRef]
30. Lorenz, B.; Oh, Y.R.; Nam, S.K.; Jeon, S.H.; Persson, B.N.J. Rubber friction on road surfaces: Experiment and theory for low sliding

speeds. J. Chem. Phys. 2015, 142, 194701. [CrossRef]
31. Singh, A.K.; Juvekar, V.A. Steady dynamic friction at elastomer–hard solid interface: A model based on population balance of

bonds. Soft Matter 2011, 7, 10601–10611. [CrossRef]
32. Fortunato, G.; Ciaravola, V.; Furno, A.; Lorenz, B.; Persson, B.N.J. General Theory of frictional heating with application to rubber

friction. J. Phys. Condens. Matter 2015, 27, 175008. [CrossRef]

218



Lubricants 2024, 12, 250

33. Persson, B.N.J. Rubber friction: Role of the flash temperature. J. Phys. Condens. Matter 2006, 18, 7789–7823. [CrossRef]
34. Persson, B.N.J. Crack propagation in finite-sized viscoelastic solids with application to adhesion. Europhys. Lett. 2017, 119, 18002.

[CrossRef]
35. Tiwari, A.; Dorogin, L.; Tahir, M.; Stöckelhuber, K.W.; Heinrich, G.; Espallargas, N.; Persson, B.N.J. Rubber contact mechanics:

Adhesion, friction and leakage of seals. Soft Matter 2017, 13, 9103–9121. [CrossRef] [PubMed]
36. Lengiewicz, J.; de Souza, M.; Lahmar, M.A.; Courbon, C.; Dalmas, D.; Stupkiewicz, S.; Scheibert, J. Finite deformations govern the

anisotropic shear-induced area reduction of soft elastic contacts. J. Mech. Phys. Solids 2020, 143, 104056. [CrossRef]
37. Lorenz, B.; Persson, B.N.J. On the origin of why static or breakloose friction is larger than kinetic friction, and how to reduce it:

The role of aging, elasticity and sequential interfacial slip. J. Phys. Condens. Matter 2012, 24, 225008. [CrossRef] [PubMed]
38. Maegawa, S.; Itoigawa, F.; Nakamura, T. New insight into the mechanism of static friction: A theoretical prediction of the effect of

loading history on static friction force based on the static friction model proposed by Lorenz and Persson. Tribol. Int. 2016, 102,
532–539. [CrossRef]

39. Soni, P.; Singh, A.; Katiyar, J. Experiments and Prediction of Hold Time-Dependent Static Friction of a Wet Granular Layer. Tribol.
Lett. 2023, 71, 75. [CrossRef]

40. Creton, C.; Ciccotti, M. Fracture and adhesion of soft materials: A review. Rep. Prog. Phys. 2016, 79, 046601. [CrossRef]
41. Müser, M.H.; Persson, B.N.J. Crack and pull-off dynamics of adhesive, viscoelastic solids. Europhys. Lett. 2022, 137, 36004.

[CrossRef]
42. Le Gal, A.; Klüppel, M. Investigation and modelling of rubber stationary friction on rough surfaces. J. Phys. Condens. Matter 2008,

20, 015007. [CrossRef]

Disclaimer/Publisher’s Note: The statements, opinions and data contained in all publications are solely those of the individual
author(s) and contributor(s) and not of MDPI and/or the editor(s). MDPI and/or the editor(s) disclaim responsibility for any injury to
people or property resulting from any ideas, methods, instructions or products referred to in the content.

219



Citation: Theiler, G.; Cano Murillo,

N.; Hausberger, A. Effect of

Hydrogen Pressure on the Fretting

Behavior of Rubber Materials.

Lubricants 2024, 12, 233.

https://doi.org/10.3390/

lubricants12070233

Received: 30 April 2024

Revised: 31 May 2024

Accepted: 14 June 2024

Published: 23 June 2024

Copyright: © 2024 by the authors.

Licensee MDPI, Basel, Switzerland.

This article is an open access article

distributed under the terms and

conditions of the Creative Commons

Attribution (CC BY) license (https://

creativecommons.org/licenses/by/

4.0/).

lubricants

Article

Effect of Hydrogen Pressure on the Fretting Behavior
of Rubber Materials

Géraldine Theiler 1,*, Natalia Cano Murillo 1 and Andreas Hausberger 2

1 Bundesanstalt für Materialforschung und -prüfung (BAM), 12203 Berlin, Germany; natalia.murillo@bam.de
2 Polymer Competence Centre Leoben GmbH (PCCL), 8700 Leoben, Austria
* Correspondence: geraldine.theiler@bam.de

Abstract: Safety and reliability are the major challenges to face for the development and acceptance
of hydrogen technology. It is therefore crucial to deeply study material compatibility, in particular for
tribological components that are directly in contact with hydrogen. Some of the most critical parts
are sealing materials that need increased safety requirements. In this study, the fretting behavior
of several elastomer materials were evaluated against 316L stainless steel in an air and hydrogen
environment up to 10 MPa. Several grades of cross-linked hydrogenated acrylonitrile butadiene
(HNBR), acrylonitrile butadiene (NBR) and ethylene propylene diene monomer rubbers (EPDM)
were investigated. Furthermore, aging experiments were conducted for 7 days under static conditions
in 100 MPa of hydrogen followed by rapid gas decompression. Fretting tests revealed that the
wear of these compounds is significantly affected by the hydrogen environment compared to air,
especially with NBR grades. After the aging experiment, the friction response of the HNBR grades is
characterized by increased adhesion due to elastic deformation, leading to partial slip.

Keywords: fretting wear; rubbers; hydrogen; high-pressure

1. Introduction

With the development of hydrogen infrastructure, a growing interest is devoted to
research on material compatibility with hydrogen due to high safety requirements in distri-
bution and dispensing infrastructure. Some of the most critical parts are sealing materials
that need increased reliability specifications to avoid any leakage, which would lead to an
imminent risk of serious damage but also mitigate the acceptance of this technology [1,2].

For static and dynamic seals, polymeric materials are used as sealing components
in a wide range of conditions, such as O-rings and piston rings in high-pressure and/or
cryogenic hydrogen. Rubber O-ring seals have been commonly used in high-pressure
hydrogen storage systems for preventing the leakage of hydrogen gas. However, failure
of a sealing component can occur due to swelling induced by dissolved hydrogen [3,4].
It has been reported that most damage to the sealing materials occurs during rapid gas
decompression (RGD). Therefore, more and more studies are dedicated to the influence
of high-pressure hydrogen and RGD on the properties of rubber materials [5–19]. Most of
the works reported the effect of the fillers and additives on the physical properties of the
elastomer compounds.

Volume change upon RGD inevitably induces motion of the sealing material, particu-
larly during compression cycles. Further low amplitude oscillating motion can also occur
in the reciprocating O-ring seal [15]. It is therefore crucial to characterize the friction and
wear of the rubber materials in hydrogen as well as after RGD where more effects occur.
Up to now, most literature refers to the effect of the hydrogen environment on the sliding
friction and wear of polymers [20–26] or rubbers [27,28].

Works have been published on EPDM and NBR grades under 28 MPa hydrogen in a
linear reciprocating custom-built apparatus [27,28]. Both rubber materials showed a higher
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coefficient of friction (COF) and drastically reduced wear behavior in all hydrogen exposed
tests compared with the test results in ambient air conditions. It was suggested that the
variations in the friction and wear behavior of EPDM and NBR are due to a combined effect
of high-pressure hydrogen and the plasticizer and fillers [28].

Choi et al. studied the friction and wear behavior of NBR rubber under continu-
ous sliding in air after high-pressure exposure in hydrogen [29]. They reported that the
hydrogen-induced damage was related to the tribological properties of filled NBR.

Reports on fretting experiments in hydrogen are rare [30]. Zhou et al. developed a
numerical model to investigate the fretting characteristic of O-ring seals under the action of
swelling behavior induced by dissolved hydrogen [30]. They concluded that the amplitude
of reciprocating motion affects the fretting state of rubber seals, and that a high-pressure
hydrogen atmosphere promotes a sticking regime because of swelling of the rubber.

The scope of this study is to characterize the fretting behavior of selected rubber
materials against 316L steel under hydrogen atmosphere. The focus lies here on the friction
behavior and the characterization of the wear scar of the rubber materials. The core of the
study deals with the influence of the hydrogen pressure on the friction performance com-
pared to air. Tests were performed in gaseous hydrogen at 0.1 MPa and 10 MPa. In addition,
aging experiments were conducted under static conditions in 100 MPa hydrogen, followed
by further fretting tests under hydrogen immediately and 24 h after decompression. This
work gives an inside view of the relevant mechanisms in seal contact under a hydrogen
atmosphere and thus make an important contribution to material and seal development.

2. Materials and Methods

2.1. Materials

This study includes two different types of cross-linked hydrogenated acrylonitrile
butadiene (HNBR). Both are filled with CB in different compositions and the acrylonitrile
(ACN) content is relatively low, at 21%, to keep a low glass transition temperature and to
have good low temperature properties. Furthermore, four grades of nitrile butadiene rubber
specially developed for this project were investigated. The effect of vulcanization, filler
and plasticizer have been considered in this study as indicated in Table 1. In addition, two
sulfur-cured EPDM rubber grades with different carbon black were tested. All materials
were provided as a 2 mm sheet by Arlanxeo Deutschland GmbH, Dormagen, Germany.

Table 1. Overview of the materials with the curing system, filler composition and resulting shore A
hardness.

Materials Curing Fillers Hardness (ShA)

HNBR-CB Peroxide carbon black (75 phr) 79
HNBR-CB-PA Peroxide carbon black (67 phr) + PA (10 phr) 82
NBR-Sil Sulfur silica (60 phr) + SCA 2 phr 70
NBR-CB-perox Peroxide carbon black (70 phr) (MgO) 81
NBR-CB Sulfur carbon black (75 phr) 76
NBR-CB-plast Sulfur carbon black (95 phr) + plast. (10 phr) 78
EPDM1 Sulfur carbon black (100 phr) 77
EPDM2 Sulfur carbon black (120 phr) 81

The samples were cut to 15 mm × 10 mm, cleaned with isopropanol and exposed to
dry heat at 60 ◦C for 48 h. This step was undertaken to remove any moisture and outgassing
of the samples that might affect the friction properties.

2.2. Test Method

The test method is described in Figure 1. “As-received sample” means here the cleaned
and dried sample. As-received samples were tested at ambient temperature in air and in
hydrogen at 0.1 MPa and 10 MPa. Some samples were aged in high-pressure autoclaves
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according to the methodology described in [13]. After aging experiments, further fretting
tests were performed immediately after decompression and 24 h later.

 
Figure 1. Exposure and test methodology.

Friction tests were performed in a fretting tribometer developed at BAM for hydrogen
environments up to 10 MPa (Figure 2). The tribometer is designed as an insert for a stainless-
steel autoclave with a maximum gas pressure of 10 MPa. The normal and frictional forces
are measured using strain gauges that are attached to deformation bodies in a bridge
circuit. The normal force is generated by a spring using an electric motor stretched via
a spindle drive. The tribometer is driven by a voice coil drive, which generates the
reciprocating motion. Both the normal force and the tangential displacement are set via
PID control loops.

Figure 2. PT1 tribometer and ball-on-disc configuration.

The upper specimen is a 316L stainless steel ball with a diameter of 6.0 mm (G300).
The lower specimen is the rubber sample fixed on a steel flat.

The friction measurement of rubber materials is complex and often raises some issues
with regards to the setup. Since most rubber samples are available as a plate, friction tests
are mostly conducted with a flat rubber material sliding against a steel ball or cylinder
in a fretting test [27,31–34] or against a flat counterpart in a linear motion [35]. Other
configurations found in the literature are a hemispherical rubber pin or a rubber cylinder
against a steel disc [36,37]. In this study, flat rubber samples were used.

The normal load was set to 5 N, the frequency to 10 Hz and the stroke to 2 mm, with
a total of 20,000 cycles. Tests were performed at room temperature in air (moisture range
40–60%) and in gaseous hydrogen (H2O < 5 ppm) at 0.1 MPa and 10 MPa. Three tests were
performed for each condition.
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2.3. Friction Measurement

During the test, friction force, Ff, values were recorded along with time and displace-
ment. The hysteresis data contains 1000 values per second, leading to 100 points for each
cycle. Therefore, after 10 min, the values were recorded every 20 s.

The average friction force (Ff mean) was calculated as follows:

Ff mean =
∑n

i=1|Ff i|
n

, (1)

The average friction coefficient (COF mean) was calculated as follows:

COF mean =
Ff mean

FN
(2)

where FN is the normal load.

2.4. Surface Analyses and Wear Measurement

Worn surfaces of the rubbers and transfer film formed on the discs were inspected by
means of an optical microscope (VHX-500, Keyence Deutschland GmbH, Neu-Isenburg,
Germany), a confocal 3D profilometer (μsurf expert, NanoFocus AG, Oberhausen, Germany)
and a scanning electron microscope (SEM, Supra™40, Carl Zeiss AG, Oberkochen, Germany)
equipped with an energy dispersive X-ray spectrometer. Chemical analyses were performed
by micro-ATR-IR attenuated total reflection (Hyperion 3000, Bruker Optics, Ettlingen,
Germany) with a germanium crystal. The wavelength range was set from 4000 cm−1 to
500 cm−1. An atmospheric compensation, an extended ATR correction and a baseline
correction were carried out for all spectra. After the test, the wear scar on the rubber surface
was characterized by a 3D profilometer and the wear volume was measured based on the
3D profile, considering the area below the reference line (Figure 3).

 

Figure 3. Profile of the wear scar: wear volume corresponds to the red area.

3. Results and Discussion

3.1. Friction Tests on as Received Samples: Effect of Hydrogen Environment
3.1.1. Friction Force Curves

Figure 4 depicts the variation of the friction force (Ff) versus relative displacement (D)
as a function of time. The friction loops characterize friction and deformation behavior at
the interface. The area of the loops corresponds to the energy dissipated during the cycles,
but this was not calculated in this study. As described in [37–39], the fretting mechanism
can be deduced from the shape of the fretting hysteresis, which can be linear, elliptical and
parallelogram shapes. This corresponds to the three fretting regimes, namely partial slip,
mixed fretting and gross slip regime [39].

As shown in Figure 4, the loops of the rubber materials described an ellipse at the
beginning of the tests and move toward a quasi-parallelogram, whereby the slope corre-
sponds to the static friction and the horizontal segment to the sliding regime. The fretting
regime changes from partial to gross slip. The transitional phase takes place after several
cycles for most materials.
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Figure 4. Friction force–D curves of HNBR-CB (a), HNBR-CB-PA (b), EPDM1 (c), EPDM2 (d),
NBR-Sil (e), NBR-CB-perox (f), NBR-CB (g) and NBR-CB-plast (h) in air, and in hydrogen at 0.1 MPa
and 10 MPa (dashed line: begin; solid line: end of the test).
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For the HNBR and NBR grades, the loop is rather uneven. The inclined slope reveals
a large sticking phase on one hand, and the sliding regime is relatively unstable on the
other hand.

For NBR-Sil, the frictional force is characterized by a first loop at the beginning of
the test, which significantly increases with time. After that, the fretting regime reaches a
stable state.

In comparison, EDPM materials have a relatively stable sliding friction, although the
maximum friction force at the beginning of the test is higher than that at the end. This may
be due to the increase of hardness within the first cycle, leading to the decrease of adhesion
and hysteresis resistance between the rubber and the steel metal ball.

For each rubber grade, the shape of the loop is rather similar in air and hydro-
gen. The main differences are related to the maximal friction force and the calculated
friction coefficient.

3.1.2. Average Friction Coefficient

Figure 5 shows the exemplary evolution of the friction coefficient as a function of
time of several grades tested in ambient air and in hydrogen at 0.1 MPa and 10 MPa. As
indicated in Figure 5a,b, the friction coefficient of HNBR-CB and EPDM2 are higher in
a hydrogen environment compared to the values in air. For both rubber materials, the
COF increases rapidly at first before decreasing to a stable value for EPDM2. The COF of
HNBR-CB, however, gradually increases in hydrogen after this descent stage.

Figure 5. Coefficient of friction curves as a function of time of HNBR-CB (a), EPDM2 (b), NBR-Sil (c),
NBR-CB-perox (d), NBR-CB (e) and NBR-CB-plast (f) in ambient air and in hydrogen at 0.1 MPa and
10 MPa.

With regard to the NBR grades, the COF in air is higher than in the hydrogen envi-
ronment (Figure 5c–f), with similar friction curves independent of the hydrogen pressure.
It is noticeable that the COF of NBR-Sil increases gradually and slowly in all conditions,
reaching a steady state friction only after 1000 s (10,000 cycles). This may be related to the
lower hardness of NBR-Sil compared to the other grades, leading to a larger deformation
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and an increased contact area, as observed in [40]. As a comparison, the friction curves of
CB-filled NBR grades reach a stable friction state after a short running in phase.

An overview of the mean friction coefficient of all rubbers measured at the end of
the tests is presented in Figure 6a. The COF of HNBR and EPDM increase slightly with
hydrogen pressure, while lower values were obtained in hydrogen with all NBR grades.
Comparing the HNBR grades, the addition of a PA filler leads to a slight increase of the
friction coefficient, independent of the environment, while increasing the CB content in
the EPDM grades results in a minor decrease in the COF. Among the sulfur-cured rubber,
both CB-filled grades, NBR-CB and NBR-CB-plast, have a lower COF compared to the
SiO2-filled NBR-Sil. This is consistent with another previous study performed in air [41].
Further, it is noticeable that the peroxide-cured NBR-CB-perox grade has a higher COF than
the sulfur-cured grades under both air and hydrogen conditions. As mentioned in [42], the
peroxide-cured CB-filled NBR grade shows the stiffest material behavior with the highest
crosslink density among these NBR grades. Due to the restriction of its polymer chain
movements, a higher shear strength is expected, which could lead to increased adhesion.

(a)

(b)

Figure 6. Average friction coefficient at the end of the tests (a) and wear volume of rubber materials
(b) after tests in ambient air and in hydrogen at 0.1 MPa and 10 MPa (with different scales).

The influence of hydrogen on the friction coefficient of EPDM and HNBR grades are
in accordance with the work done by Kuang et al. [28], who found that the COF of EPDM
against steel is larger under high-pressure hydrogen than that measured in ambient air
under reciprocating sliding. Concerning NBR materials, however, discrepancies in the
results were found compared to [28]. This is possibly due to different formulations and
testing conditions, namely sliding friction and hydrogen pressure. Wang [43] observed
different trends between reciprocating and fretting behavior of several polymers in air, due
to more energy generated at the surface during fretting. On the other hand, at very high-
pressure hydrogen the sticking regime of rubber materials should be promoted because
of the swelling effect [30]. In any case, as mentioned in [44], the fretting characteristic of
polymers is strongly related to the frictional heat produced during fretting and the heat
resistance of the materials. It is therefore reasonable to suggest that the cooling effect
of the hydrogen environment, which has a higher thermal conductivity than air, affects
the deformation and therefore the fretting behavior of these rubber materials. However,
this should not be the only influencing parameter since different results were observed
depending on the materials.

226



Lubricants 2024, 12, 233

3.1.3. Effect of Hydrogen on the Wear Volume

Figure 6b gives an overview of the wear volume obtained by 3D profilometry. For most
rubber materials, the wear values are similar or reduced in a hydrogen environment, which
is in good agreement with [28]. The wear value of the rubbers is rather stable for HNBR-CB
and EPDM2 but decreases for HNBR-CB-PA and EPDM1, which have respectively a lower
amount of carbon black compared to the former grades.

Similarly, by comparing the results of the CB-filled sulfur-cured NBR grades, it is
noticeable that increasing the CB content from 75 ppm to 95 ppm leads also to higher wear
in hydrogen. This is possibly related to the restriction of the polymer chain with increased
CB loading, although the addition of a plasticizer to the NBR-CB-plast compensates the
stiffness of higher filler loading as reported in [42].

On the other hand, although the silica-filled rubber (NBR-Sil) has a higher friction
coefficient compared to the CB-filled NBR, the wear values of both rubber materials were
similar in air, as well as in hydrogen.

Therefore, other factors should be taken into consideration. HNBR-CB-PA contains
polyamide fillers and as reported in [23], the tribological properties of polyamides are
influenced by the environment. NBR-CB-plast contains plasticizers which may also have
an effect on the wear behavior in air and in hydrogen.

Further, most significant effects were obtained with NBR-CB-perox, which is a peroxide-
cured rubber with additives. It has the highest wear values among the NBR materials in
air and the lowest in hydrogen. It is therefore appropriate to suggest that either the curing
process and/or the additive have a major influence on the wear properties of these rubber
materials in hydrogen. This will be discussed in the following section.

3D profile images of the wear scar were used to evaluate the wear damage of the
rubbers. Figure 7 illustrates examples of some of them. Deeper wear scars were obtained
after the experiment in air compared to those performed in hydrogen.

Figure 7. 3D profilometer images of the wear scar of (a) NBR-Sil, (b) NBR-CB-perox, (c) NBR-CB and
(d) NBR-CB-plast after tests in air (left) and in 10 MPa H2 (right).
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3.1.4. Surface Morphology and Wear Mechanism

Optical microscopy of the wear scar of selected rubber materials and associated
counterfaces after testing in air and hydrogen at 10 MPa are compared in Figure 8.

(a) 
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H2 

 

(b) 
 
air 
 
 
 
 
 
H2 
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air 
 
 
 
 
 
H2 

 
(d) 
 
air 
 
 
 
 
 
H2 

 

Figure 8. Optical microscope images of the wear scar (left and middle) and of the ball (right) after
tests in air and in 10 MPa H2: (a) HNBR-CB, (b) EPDM2, (c) NBR-CB and (d) NBR-CB-perox.
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As shown in Figure 8a, the wear scar of HNBR-CB is perpendicular to the fretting
direction and forms a wavy structure, which is associated with adhesive wear [33]. Cracks
are observed on the surface and propagated perpendicularly to the sliding direction after
tests in air and hydrogen. Wear debris is present outside the contact in both testing
conditions. The main difference is observed on the counterface. A large amount of rubber
stuck to the steel ball after the hydrogen experiment. The friction mechanism is therefore
mainly adhesive in hydrogen. This may explain the higher coefficient of friction for HNBR
grades in hydrogen.

In comparison, the wear damage of EPDM2 is visibly milder than for the HNBR grade.
No visible cracks were detected at the surface of the rubber but a typical wave pattern
perpendicular to the fretting direction was observed (Figure 8b). Wear particles are seen on
the ball in both conditions.

Figure 8c displays the worn surface of the sulfur-cured NBR filled with CB (NBR-CB).
While a wave pattern is detected after testing in air, the wear scar in hydrogen is covered
with some wear debris. These fine particles are also present on the counterface and more
abundant in hydrogen conditions. These particles may act as a solid lubricant in the contact
area, reducing the friction and wear of the rubber [36].

Figure 8d presents the surface images of the CB-filled peroxide-cured NBR grade
(NBR-CB-perox). Significant differences are observed compared to the previous sulfur-
cured NBR. After testing in air, a torn tongue perpendicular to the sliding direction is
observed, similar to HNBR. It is therefore likely that the curing process affects the material
properties as mentioned in [41], and therefore the friction behavior. After the hydrogen test,
however, ploughing marks parallel to the sliding direction are present, with no visible stick
regions between the two contacting surfaces. This suggests that abrasive wear was more
likely to occur. The formation of a thin transfer film on the counterface leads to reduced
friction and wear in hydrogen.

To characterize further the fretting mechanisms and the influence of additives and
fillers in the NBR grades, further EDX was performed on the wear scar of the rubber
after testing in air and hydrogen at 10 MPa. Figure 9 collects the EDX maps of NBR-Sil,
NBR-CB-perox and NBR-CB-plast.

From Figure 9a, a homogenous distribution of the silica fillers in the wear scar after
testing in both conditions can be deduced. ZnO, however, appears more pronounced
at the surface of the rubber after the hydrogen experiment. Similarly, more additives
(ZnO and MgO) were detected on the surface of the wear scar of NBR-CB-perox after
hydrogen exposure (Figure 9b). The EDX analyses of the NBR-CB-plast indicate a significant
agglomeration of additives and plasticizers (identified by Zn and S, respectively) after the
hydrogen experiment (Figure 9c). It seems that hydrogen promotes the migration and
agglomeration of the additives towards the surface of the material.

Additional ATR-IR spectroscopy of selected rubber materials were performed to detect
possible chemical reactions during the friction process.

Figure 10 depicts the ATR-IR spectra of the HNBR, EPDM and NBR grades. No
significant chemical reactions could be observed but some increase in signal intensity was
detected for several rubbers.

Wear scar analysis of HNBR-CB through FT-IR reveals a general broadening of the IR
signal after testing in hydrogen in the region of 1521 and 860 cm−1, possibly due to more
exposed CB and higher absorption of the IR signal. As reported in [13], the exposure to
hydrogen can cause a tendency of the CB fillers to come to the surface, absorbing in this
range of IR. ATR-IR of the wear scar of EPDM1 indicates marginal changes; however, a
small peak in 1735 cm−1 corresponding to carbonyl group was detected on the sample
tested in air, which could possibly be related to some oxidation on the worn surface.
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Figure 9. EDX maps of the wear scar after tests in air (top) and in 10 MPa H2 (bottom): (a) NBR-Sil,
(b) NBR-CB-perox and (c) NBR-CB-plast.
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Figure 10. ATR-IR of the wear scar after tests in air and in 10 MPa H2: (a) HNBR-CB, (b) EPDM1,
(c) NBR-CB, (d) NBR-Sil and (e) NBR-CB-perox.
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Regarding the NBR-CB, testing in hydrogen brings small changes in the IR spectra;
the 1517 cm−1 band might be related to additives, such as antioxidants. The 969 cm−1 band
corresponds to the C-H out-of-plane bending band of the butadiene double bond. The
cyano group in air and after testing in hydrogen, however, shows no significant change.

While no chemical changes could be detected for NBR-Sil (the same for the broad
peak of the silica filler at 1086 cm−1 that is present in both conditions), some small changes
are detected for the NBR-CB-perox materials; the peaks between 1690 and 1000 cm−1 in
NBR-CB-perox mostly related to CB, increasing slightly after testing in hydrogen, while
2358 cm−1 is related to MgO. The 964 cm−1 band corresponds to the C-H out-of-plane
bending band of the butadiene double bond. The 910 cm−1 band is related to the peroxide
crosslinking additive. ATR-IR therefore confirms the EDX results, suggesting that the
presence of a curing activator and an increase of CB at the surface. The dissolved H2
may act as plasticizer in the rubber materials, increasing the motion of the polymer and
fillers. Upon friction, these particles move towards the surface, acting favorably at the
friction contact.

3.2. Friction Tests on Exposed Samples: Effect of High-Pressure Exposure Followed by Rapid
Gas Decompression

Following the test method described in Figure 1, further samples were aged in high-
pressure hydrogen at 100 MPa for 7 days at 120 ◦C for HNBR and at 85 ◦C for the EPDM
grades, respectively. A day before the end of the exposure period, the temperature was
switched off to cool down the specimens before taking them out and the pressure was
adjusted to replenish the pressure loss due to the cooling effect. This step is necessary to
allow the characterization of the cooled sample immediately after decompression, without
a temperature effect.

After exposure at 100 MPa, friction tests were performed at 10 MPa immediately
after decompression and one day after. Figure 11a shows the hysteresis of HNBR-CB-PA
immediately after exposure. The loop has an elliptical shape corresponding to partial slip.
The displacement occurs only on the edge part and is mainly due to elastic deformation of
the elastomer. The effect of the high-pressure hydrogen on the physical and mechanical
properties were studied and published in [13]. Accordingly, the swelling of the rubber
immediately after the RGD significantly decreases the hardness of the rubber. This friction
process is mainly ascribed to the deformation of the rubber. By repeating the friction tests
24 h later, the hysteresis almost retrieves a parallelogram shape as the volume of the rubber
recovers (Figure 11b). The elastic deformation, however, is still predominant.

As a comparison, further tests were performed with the EPDM2 grades. The friction
response in 10 MPa hydrogen was similar to before (Figure 4) and after aging in high-
pressure hydrogen (Figure 11c,d). This can be related to a relatively stable behavior of the
physical and mechanical properties of EPDM2, as reported in [45]. Other works revealed
similar trends regarding the aging of elastomers in hydrogen [46], where EPDM material
showed the least degradation compared to the HNBR grade.
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Figure 11. Friction force versus displacement for HNBR-CB-PA immediately (a) and 24 h (b) after
finishing the high-pressure exposure with corresponding optical microscopy images and 3D profile
measurements of the wear scar; Friction force versus displacement for (c) EPDM2 immediately and
24 h (d) after finishing the high-pressure exposure.

4. Conclusions

In this study, the fretting behavior of several elastomer materials against a 316L ball
were evaluated in an air and hydrogen environment up to 10 MPa. Several grades of
cross-linked hydrogenated acrylonitrile butadiene (HNBR), acrylonitrile butadiene (NBR)
and ethylene propylene diene monomer rubbers (EPDM) were investigated.

The influence of the hydrogen environment was studied at first on as-received samples.
Based on the friction results and wear characterization, the following conclusions can
be drawn:

- Under the testing conditions (a normal load of 5 N, frequency of 10 Hz, a 2 mm
stroke), the fretting behavior was in the gross slip regime for all rubber materials.
The shape of the loop was similar in hydrogen compared to air, and the influence of
hydrogen pressure was relatively small, although some effects were seen on the HNBR
and EPDM grades. The average friction coefficient and the wear volume, however,
were affected differently by the hydrogen conditions depending on the materials.
This suggests that the cooling effect of the hydrogen environment is not the only
influencing factor.

- The friction of the HNBR and EPDM grades increased with hydrogen pressure. Adhe-
sive wear is predominant in hydrogen in CB filled HNBR, while the addition of PA
fillers reduced wear.

- Concerning NBR grades, reduced friction and wear were measured for all grades in
hydrogen. It was found that the curing process and the additive have a major influence
on the wear properties of these rubber materials in hydrogen. Most significant effects
were obtained with the peroxide-cured rubber, having the highest wear value among
the NBR materials in air and the lowest one in hydrogen. Among the sulfur-cured
NBR grades, lower friction was achieved with CB compared to SiO2 fillers.

- No significant chemical reactions were detected by means of ATR-IR, apart from a
possible oxidation on the worn EPDM surface tested in air. However, both EDX and
ATR-IR analyses revealed migration and agglomeration of the additives at the friction
contact of the NBR grades in hydrogen, acting favorably on the friction and wear
resistance of the rubbers.

The influence of high-pressure exposure followed by rapid gas decompression was
studied on aged samples. Significant effects were observed immediately after decompres-
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sion for the HNBR material, which is related to the softening of the rubber after RGD.
EPDM rubber, however, was less affected by the aging experiment and therefore might be
more suitable for high-pressure applications than HNBR grades.
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Abstract: This study investigates the effects of harmful bearing currents on the service life of rolling
bearings and introduces a model to predict service life as a function of surface roughness. Harmful
bearing currents, resulting from electrical discharges, can cause significant surface damage, reducing
the operational lifespan of bearings. This study involves comprehensive experiments to quantify the
extent of electrical stress caused by these currents. For this purpose, four series of tests with different
electrical stress levels were carried out and the results of their service lives were compared with each
other. Additionally, a novel model to correlate the service life of rolling bearings with varying degrees
of surface roughness caused by electrical discharges was developed. The basis is the internationally
recognized method of DIN ISO 281, which was extended in the context of this study. The findings
show that the surface roughness continues to increase as the electrical load increases. In theory, this
in turn leads to a deterioration in lubrication conditions and a reduction in service life.

Keywords: electrical bearing current; electrical bearing damage; electrical discharge; bearing surface
wear; service life calculation

1. Introduction

Parasitic currents and electric discharges have been subject to research for more than
a century. Since the early days of electric motor development, the phenomena of shaft
voltages and associated bearing damage has been known [1–4]. Due to the increased interest
in electric drives, this has once again become a focus of research in recent years [5]. Modern
frequency converters with high switching frequencies induce different types of parasitic
currents to bearings situated in the motors and gearboxes of electric drivetrains. These
currents occur in the form of electric discharge machining (EDM) currents and circular
bearing currents [6,7].

In rolling bearings, the concentrated contact between the rolling element and raceway
is usually highly stressed. Together with the the usage of lubricants, a so-called elastohy-
drodynamically lubricated (EHL) contact is formed, whereby the solid bodies are seperated
by a lubricating intermediate medium. A schematic representation of the EHL contact with
a typical pressure distribution is shown in Figure 1a. The electrical characteristics of this
contact can be modeled using an equivalent circuit comprising the contact’s capacitance and
resistance, as shown in Figure 1b. The total capacitance includes the Hertz’ian capacitance
CHertz from the Hertz’ian contact area and the outside capacitance COutside from the inlet
and outlet zones. Various theoretical models on the capacitance and impedance of rolling
bearings have been developed [8–12].
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(a) (b)

Figure 1. (a) An EHL contact with its (b) electrical equivalent circuit.

In the presence of a separating lubricating film, the parallel resistance RP is very
high. Once the applied voltage exceeds a specific threshold, a breakdown occurs, leading
to a discharge through the substantially lower resistance REDM, which varies over time.
TISCHMACHER [13] simulated and measured these discharges. A typical discharge scenario
is displayed in Figure 2, whereby the voltage continues to rise until it reaches a critical
value; in this case, at just under 30 volts. Until this point, the current is relatively constant
around zero. Subsequently, as the discharge occurs, an abrupt decline in voltage ensues,
together with a rise of the current to a peak of almost 2.5 A. Subsequently, both signals
oscillate until they stabilize again.

Figure 2. Measured and simulated discharge voltage and current from [13] .

Depending on the circumstances, these discharges can lead to diverse forms of dam-
age to rolling bearings [14]. In the case of full-film lubrication, EDM can occur and the
temperatures in an arc can peak at up to 3000 K, which not only melts but also vaporizes
parts of the material near the surface and has the potential to significantly alter the sur-
face roughness [15,16]. As described by Furtmann [8,14,17], the short-term melting with
consecutive oil-quenching alternates with repeated over-rollings, creating a “grey frosted”
surface. The term refers to the visual appearance of the surface, which, on a macroscopic
scale, has similarity to mechanically induced micro pitting. However, there are microscopic
differences as the grey frosting shows smoothly flowing edges of the melted areas instead
of rough fractures as seen in Figure 3.
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Figure 3. Macroscopic and microscopic view of electrically grey frosted surface.

More severe damage, such as fluting, can occur as a result of repeated discharges,
leading to increased vibration, accelerated wear, and potential bearing failure. Fluting
manifests as alternating lighter and darker areas corresponding to valleys and peaks on the
bearing surface [13]. In addition to surface damage, the lubricant itself can be adversely
affected, resulting in degraded performance, such as a reduction in dielectric strength [18].

While the damage patterns described are well established and have been subject
of research for a while, the influence of electrical pre-stress on the service life of rolling
bearings has not yet been part of investigations. Therefore, the questions that need to be
investigated are, firstly, to what extent does harmful current passage affect the service life of
rolling bearings? And secondly, how can this influence be quantified and made predictable?
This prompted the initiation of novel experimental investigations, the results of which
are presented in this study. The findings led to the development of a new extension to an
existing model for calculating the service life of rolling bearings, which now incorporates
the impact of electrical currents on service life.

2. Materials and Methods

The primary objective of the experimental investigations was to apply controlled
electrical pre-stress to cylindrical rolling bearings and subsequently test their service life
without further electrical stress. At first, the influence on the effect of a single steel rolling
element in an otherwise hybrid bearing was investigated. After these preliminary studies,
the electrical pre-stressing of the bearings took place. Finally, this was followed by the
service-life tests themselves. Two test rigs were used for the experimental investigations:
the modified universal test rig and four-bearing radial fatigue life test rig, both of which
are described below. All bearings underwent a run-in procedure to make sure that the ma-
chining marks were flattened [19] and consistent experimental conditions were maintained
during all experimental investigations.

2.1. Test Equipment

The influence investigations and the induction of controlled electrical pre-stress were
conducted using a modified universal bearing test rig. This rig accommodates various
bearing types, including cylindrical roller bearings and deep groove ball bearings, under
different loading conditions and controlled-temperature environments. Different lubrica-
tion methods, such as oil immersion and grease lubrication, can also be used. As shown in
Figure 4, the test head was modified with insulating bearing seats as well as hybrid support
bearings with ceramic rolling elements made of zirconium oxide. These measures create a
controlled current path through the test bearing, which was equipped with both ceramic
elements and a varying number of steel rolling elements. The universal bearing test rig
enabled the measurement of frictional torques, shaft speed, temperatures, and mechanical
loads of the bearing. It was also possible to measure the capacitance and film thickness as
described in [12,20].
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Figure 4. Universal test rig modified to investigate electrical effects in bearings.

The voltage application is facilitated by an Aegis shaft grounding ring connected to
one of the outputs of the voltage source, thereby applying a potential to the shaft. Contact
with the outer ring is established through a spring-loaded aluminum electrode, completing
the circuit by connecting back to the voltage source. This configuration ensures a short
current path with minimal unwanted losses. To further minimize losses, all cables were
kept as short as possible (refer to Figure 5).

To measure and record the bearing voltage, a passive probe (Tektronix TPP0250,
Beaverton, OR, USA, 250 MHz) from a four-channel oscilloscope (Tektronix MDO 3024,
Beaverton, OR, USA, 200 MHz, 2.5 GS/s) was used, which came into contact with the
shaft via an additional Aegis shaft grounding ring. This setup ensures that any losses in
the cables from the voltage source to the shaft are excluded from the measurement. A
second channel monitors the bearing current using a current sensor (Pearson 6595, Pearson
Electronics Inc., Palo Alto, CA, USA) placed in the return path.

V

A
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-

grounding rings

insulation
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Figure 5. Electrical setup at the universal test rig.

For the service life tests, a four-bearing radial fatigue life test rig, as seen in Figure 6,
was employed to determine the service life of radial bearings under electrical pre-stress con-
ditions. Bearing failures were detected through vibration-based condition monitoring [21].
This rig could apply radial loads up to 25 kN per bearing, corresponding to a C/P-value of
2.5 for NU206 cylindrical roller bearings, and accommodated various lubrication types and
controlled temperature conditions.
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Figure 6. Four bearing radial fatigue life test rig.

Before and after each step of the investigations the bearings were thoroughly cleaned
in an ultrasonic bath using both polar (isopropanol) and non-polar (benzine) solvents,
followed by drying in an oven. After the service life tests the bearings were examined
under a Keyence laser scanning microscope (Keyence VK-X200, Keyence, Osaka, Japan)
and a reflective light microsocope (Keyence VHX 600, Keyence, Osaka, Japan). In particular,
it was used to investigate the area surface roughness of the tested bearings.

2.2. Influence of Loaded Zone on Bearing Current

To prepare for the service life tests, the influence of radial load on the electrical pre-
stress of the bearings was investigated. The mechanical load affects the size of the loaded
zone and the number of rolling elements forming a high capacitive Hertz’ian contact. To
understand how load distribution influences electric discharge phenomena, both theoretical
and experimental studies were conducted.

The correlation between the azimuth angle of the radially loaded bearing and its
theoretical local capacitances, discharge voltages, and discharge energies is graphically
illustrated in Figure 7. Within the loaded zone, the capacitance C is increased due to
the reduced thickness of the contact’s lubricating film hc. Essentially, the capacitance is
a function of the electrical permittivity of the lubricant ε and the ratio of the Hertz’ian
contact area AHertz and film thickness Ccontact = ε × AHertz

hc
. Extended methods to calculate

this capacitance can be found in a number of works, e.g., [12,20,22]. As is apparent from
Equation (1), the lower minimum film thickness hmin inside the loaded zone compared to
the non-loaded zone also results in a lower discharge voltage Udischarge, since the insulating
property of the lubricant, the dielectric strength, is exceeded more easily by the applied
field strength Ecrit than in regions with higher film thicknesses. The energy W stored in
a capacitor then occurs as a result of its capacitance and the applied voltage. Since the
energy at the time of discharge Wdischarge is of interest, the critical discharge voltage must
be inserted for the voltage term, and therefore Equation (2) is obtained. It should be noted
that if the film thickness decreases, the capacitance will rise and the critical breakdown
voltage will decrease. However, it should also be kept in mind that the breakdown voltage
in Equation (2) is squared and therefore has a more significant influence on the total energy
than the capacitance. This results in the red curve shown in Figure 7.

Udischarge = Ecrit × hmin (1)
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Wdischarge =
1
2

Cbearing × U2
discharge (2)

Figure 7. Theoretical distribution of capacitance (green), discharge voltage (blue), and discharge
energy (red).

In summary, the likelihood of electric discharges is higher in the loaded zone, but
each discharge releases a relatively low amount of energy compared to those outside the
loaded zone, leading to different surface mutation characteristics. To test this hypothesis,
an experiment was conducted with a hybrid NU206 cylindrical roller bearing equipped
with a single steel rolling element under a radial load. After running in and applying
electrical stress, the non-rotating outer ring was examined under a microscope. As expected,
the loaded zone showed a “grey frosted” surface with numerous small craters, while
the non-loaded zone exhibited fewer but larger craters, indicating a higher amount of
discharge energy.

In summary, the likelihood of electric discharges is higher in the loaded zone, but
each discharge releases a relatively low amount of energy compared to those outside the
loaded zone, leading to different surface mutation characteristics. To test this hypothesis, an
experiment was conducted with a hybrid NU206 cylindrical roller bearing equipped with
a single steel rolling element under radial load. After running in and applying electrical
stress, the non-rotating outer ring was examined under a microscope. The result is shown
in Figure 8. As the theoretical preliminary considerations suggested, inside the loaded
zone, a grey frosted surface with numerous craters and regions affected by over-rolling can
be observed. Opposite the loaded zone are fewer but larger craters, while relative large
areas of the surface remain unaltered, which indicates a higher discharge energy than that
inside the loaded zone. The rotating inner ring and the steel rolling element are subject to
the full bandwidth of the electrical load, which is distributed over the entire outer ring, and
exhibit a damage pattern regardless of the azimuth angle.

Figure 8. Dependence of the degree of surface mutation in the loaded zone of a non-rotating outer
ring of a cylindrical roller bearing.
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2.3. Experimental Service Life Investigations

To explore a range of electrical pre-stresses, the number of steel rolling elements in
the modified hybrid bearings, as well as the value and duration of the discharge current
from the current/voltage source, were adjusted to achieve the discharge energies listed in
Table 1. These adjustments were monitored using the described measurement equipment.
In the first test series, efforts were made to exceed the limits defined by TISCHMACHER and
MÜTZE [13,17]. The initial two experimental series used a laboratory voltage source, while
subsequent series 3 and 4 employed an EDM source, leading to the ranges of electrical load
shown in Table 1.

Table 1. Discharge energies, apparent powers, and current densities of different experiment series.

Parameter Energy Apparent Power Current Density

Series 1 0.8–3 μJ 20–210 VA 0.5–1.5 A/mm2

Series 2 16–264 nJ 0.83–19.4 VA 0.05–0.5 A/mm2

Series 3 197 nJ 12.9–13.8 VA 0.38 A/mm2

Series 4 1μJ 64–70.4 VA 1.93 A/mm2

During pre-stressing, the test bearings were equipped with at least two steel rolling
elements, while the rest of the bearing was filled with ceramic rolling elements to accelerate
the electrical pre-stress process. This setup prevented electrical discharges in the load-
free zone, as excessive electrical surface mutation would result in damage that no longer
corresponded to grey frosting. After the pre-stressing, the modified hybrid bearing was
disassembled, cleaned, and equipped with non-stressed steel rolling elements except for
one pre-stressed steel rolling element, ensuring we also took the influence of current-
damaged rolling elements into consideration with regard to the service life investigations.
The pre-stressed bearings of the different experiment series were then tested until failure
in the four-bearing radial fatigue test rig. Failure detection was carried out via vibration
sensors, and any failed bearings were replaced with new, non-pre-stressed bearings to
continue the test cycle for the remaining pre-stressed bearings. The consistency of the test
parameters was maintained across all experiment series and the parameters themselves
are listed in Table 2. The only difference between the test series is the electrical pre-stress
induced on the universal test rig.

Table 2. Operating parameters for the service life tests.

Parameter Value

Bearing NU206
Load C/P 2.5
Rotational speed in 1/min 2500
Outer ring temperature in ◦C 50
Viscosity ratio κ 3
Maximum contact pressure in GPa 3.0
Amount of steel rolling elements 2
Lubricant Renolin CLP 68
Lubrication type Injection lubrication
Shutdown criterion Vibration

The listed κ-value of 3 used in the tests was calculated for normal bearings that are not
electrically stressed. It was observed that the pre-stressed bearings showed higher vibration
and noise levels compared to non-stressed reference bearings. Despite anticipated full
lubrication conditions for the used value of κ = 3, consistent lubrication was not always
achieved, especially in the test series involving high discharge energies. This was verified
through capacitive lubricating film measurements during operation [10,20].
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3. Results of Experimental Service Life Investigations

While analyzing the failed bearing surfaces, it was apparent that the failure patterns
showed a similar appearance throughout the majority of the tests. An example of such
damage is shown in Figure 9. It was recorded using a reflective light microscope and a
laser-scanning microscope. The damage consistently featured a shallow spalling region
with a depth of approx. 40 μm and a wave-like structure, which seemed to propagate
opposite to the rolling direction. As shown in the rolling direction, some of these wave-like
structures also had a deep spalling behind them.

Figure 9. Surface spalling after 3.6 million revolutions from test series 1.

One potential explanation for this wave-like structure lies in the melting and reso-
lidification processes induced by electrical discharges. Tensile residual stress could have
been introduced into the material to a depth of 0–40 μm [23]. In addition, the material
hardness below the hard and brittle surface was potentially reduced through the heat input
of the discharges [24]. This could facilitate subsurface crack formation, which is more
likely to occur due to the softened steel beneath the surface, resulting in a core crushing
mechanism [25].

The service life test results are illustrated in Weibull diagrams, with each test series
described briefly below.

3.1. Service Life of Test Series 1

Test series 1 had the highest applied electrical stress among all test series. It is worth
noting that no full-film lubrication could be detected capacitively during operation in this
series. This can be attributed to the heavily roughened surface, which led to continuous
contact between rough surfaces, preventing the development of a measurable capacitive
charging curve. All observed surface spallings were found on the inner ring, similar to the
one shown in Figure 9. The Weibull distribution of all counted experiments from test series 1
is shown in Figure 10. A total of 24 pre-stressed bearings were tested, with 20 categorized
as failed items and the remaining four considered to be survivors. The experimental life of
B10 = 2.74 × 106 revolutions and Weibull slope of β = 2.47 were obtained.

Figure 10. Weibull distribution of test series 1.
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3.2. Service Life of Test Series 2

In test series 2, the electrical stress was significantly reduced. A total of eight bearings
were tested, of which six failed, and two were rated as survivors. The experimental life of
B10 = 10.5 × 106 revolutions and Weibull slope of β = 1.83 were obtained and shown in
Figure 11.

Figure 11. Weibull distribution of test series 2.

3.3. Service Life of Test Series 3

The electrical stress in test series 3 was even further reduced compared to series 1 and
2. An experimental life of B10 = 14.45 × 106 revolutions and Weibull slope of β = 2.73 for
eight tested bearings were obtained and shown in Figure 12.

Figure 12. Weibull distribution of test series 3.

3.4. Service Life of Test Series 4

In the last test series the electrical stress was higher than in series 2 and 3 but lower than
in series 1 (Table 1). A total of four bearings were tested in this series, resulting in a large
standard deviation. The obtained experimental service life is B10 = 7.36 × 106 revolutions
with a Weibull slope of β = 2.16 and shown in Figure 13.
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Figure 13. Weibull distribution of test series 4.

3.5. Discussion of All Test Series

The experiments comprise the service life investigation of a total of 44 electrically
pre-stressed cylindrical roller bearings. The overall results are summarized in a Weibull
Graph in Figure 14. The test series with higher electrical loads and therefore more severe
pre-stress in form of grey frosting showed a shorter service life. This indicates that the
failure of electrically stressed rolling bearings can be attributed to mechanisms other than
fatigue and that current passage can indeed exert an influence on the service life that scale
with the severity of the discharge energy. In comparison, reference tests from KEHL [26]
obtained a service life of B10 = 21.66 × 106 revolutions and Weibull slope of β = 1.86.
He used the same test rig with the same mechanical loads, but with a viscosity ratio of
κ = 2 instead of 3. However, it should be pointed out again that this κ value refers to
reference (non-electrically stressed) bearings. The importance of this is discussed in the
following section.

Figure 14. Weibull distribution of all test series.

246



Lubricants 2024, 12, 230

4. Extended Service Life Model

As shown in the previous section, it is apparent that electrical stress has an impact on
the service life of rolling bearings. Consequently, the question arises: How can this influence
be quantified and subsequently integrated into the calculation of rolling bearing service
life? The conducted test series lead to the assumption that in the context of electrically
stressed bearings, the surface roughness is an essential factor in the reduction of service life.

An internationally accepted method to calculate the service life is described in DIN
ISO 281 [27]. The equation for calculating the fatigue life of cylindrical roller bearings is
based on the slice method, where the load distribution along one rolling element for ns
slices is used to calculate the modified rating life L10mr.

L10mr =

{
ns

∑
k=1

{[
aISO

(
eCCU

Pks
, κ

)]−9/8
[(

qkci
qkei

)−9/2
+

(
qkce
qkee

)−9/2
]}}−8/9

(3)

The service life calculation is based on various parameters, such as the viscosity ratio
κ, the contamination coefficient eC, the fatigue load limit CU, dynamic equivalent load
Pks, and the dynamic load rating qkc, as well as the dynamic load rating qke of each k-th
slice. Unfortunately, the influencing factors in the equation do not include the influence of
the surface roughness. To include surface roughness, the viscosity ratio κ (Equation (4))
must be modified. This ratio characterizes the relationship between operational ν and
nominal kinematic viscosity ν1, thereby reflecting the lubrication condition in the fatigue
life equation. Under normal circumstances, it is assumed that the surface roughness
corresponds to that of non-electrically stressed bearings.

κ =
ν

ν1
(4)

To link the viscosity ratio κ with surface roughness, the parameter Λ∗ is introduced [28,29].
It includes the elastic deformation of micro-roughness peaks, minimum hm and central film
thickness hc and the area-related roughness value of the reduced peak height Spk. Bearings
that were electrically stressed and run-in not-stressed reference bearings were measured
with a laser scanning microscope to initially calculate the Λ∗ value. The measured values
from each test series and the reference to be able to apply the method from HANSEN to
calculate Λ∗ are listed in Table 3.

Table 3. Calculation results for the application example.

Series Number Spk in μm r/R Λ∗

1 0.347 0.0275 0.42
2 0.19 0.055 0.88
3 0.174 0.091 1.01
4 0.32 0.05 0.52
reference 0.15 0.098 1.23

With the result of the reference bearing, it is possible to establish a relationship between
Λ∗ and κ, since the κ value would always refer to a normal surface finish. As shown in
Figure 15a, an approximation line can be effectively fitted. Based on the results, it is
assumed that the correlation between both values is linear and can be described by the
following equation:

κ(Λ∗) = 3.125 × (Λ∗ − 0.29) (5)

Using the measured roughness values from the electrically mutated surfaces, it is
possible to determine the Λ∗-value and to use Equation (5) to determine the corresponding
κ(Λ∗) value, as shown in Figure 15b. This can then be used as an input for Equation (3).
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(a) (b)

Figure 15. (a) Relation between Λ∗ and κ and (b) classification of electrically mutated surfaces.

To summarize the outlined procedure, the four steps that must be performed sequen-
tially are briefly listed as follows:

1. Measurement of surface roughness.
2. Calculation of Λ∗.
3. Calculation of κ(Λ∗).
4. Determine theoretical service life with method from DIN ISO 281.

Using the new viscosity ratios, it is now possible to correlate the experimentally
determined service life of the electrically stressed and reference bearings from [26] with
the calculated service life from Equation (3). The values with the associated experimental
service life are listed in Table 4.

Table 4. Calculation results for the application example.

Series Number κ(Λ∗) B10 in 106 rev.

1 0.4 2.74
2 1.844 10.5
3 2.25 14.45
4 0.719 6.9
reference mixed lub. 0.5 7.14
reference full lub. 2 21.66

The service life plotted against the viscosity ratio is shown in Figure 16. It can be seen
that the κ-values of the electrically pre-stressed bearings differed substantially between
the test series, even though a viscosity ratio for non-stressed bearings of κ = 3 was set.
In particular, for experiment series 1 and 4, which were characterized by higher electrical
loads, the κ-value was significantly lower than those for series 2 and 3, indicating mixed
lubrication. This was also confirmed via capacitive measurements during the experiments.
It is also apparent that the level of electrical stress directly translated to the degree of surface
roughness. The higher the electrical stress, the higher the surface roughness. The newly
categorized service lives of the pre-stressed bearings matched the calculated service life
quite well. However, a considerable reduction in service life was observed in the area of
full lubrication compared to the reference tests. Even test series 3, which had the lowest
electrical load, achieved a comparably shorter service life with B10 = 14.45 × 106 rev. than
the reference test with similar lubrication conditions of B10 = 21.66 × 106 rev. In the regime
of mixed lubrication, the lubrication regime exerts a predominant influence on the bearing’s
performance. Under these conditions, the differences in service life between electrically
pre-stressed bearings from test series 4 and reference bearings are minimal.
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Figure 16. Calculated (blue line) and experimentally determined service lives of electrically pre-
stressed bearings (red circles) and reference experiments without harmful bearing currents (green
triangles) from KEHL [26] plotted against lubrication condition κ.

5. Conclusions and Outlook

The experimental investigations presented in this study provide insights into the
impact of electrical pre-stressing on the service life of rolling bearings. The results indicate
that electrical discharges, which manifest in the form of EDM currents and circular bearing
currents, can lead to notable surface mutations and reduce the service life of the bearings.
The induced surface damage, characterized by grey frosting, craters, and in severe cases,
fluting, results in increased vibration and noise levels, ultimately affecting the operational
integrity and longevity of the bearings.

The experimental data derived from controlled electrical pre-stressing and subsequent
service life tests reveal a clear correlation between the severity of electrical pre-stress and
the reduction in bearing life. The Weibull analyses of the different test series demonstrate
that higher discharge energies correlate with shorter bearing service lives. For instance, test
series 1, which had the highest electrical load, exhibited a significantly reduced service life
(B10 = 2.74 × 106 revolutions) compared to the less electrically stressed bearings in the test
series 3 (B10 = 14.45 × 106 revolutions).

The surface damages observed in the bearings after the service life test was stopped
included shallow spalling with wave-like structures, which is indicative of the melting and
resolidification processes induced by electric discharges. These structural changes may
introduce tensile residual stress and reduce material hardness, contributing to the reduced
fatigue life. The study also highlights the importance of considering the influence of
surface roughness and lubrication conditions when evaluating the service life of electrically
stressed bearings, as it seems to be the main reason for a shortened service life.

An extended service life model was proposed in this study, which incorporates the
effect of electrical surface mutations by modifying the viscosity ratio κ. This modification
accounts for the altered lubrication conditions due to increased surface roughness, provid-
ing a more accurate prediction of the bearing’s service life under electrical stress. Using this
test methodology, it can be concluded that the service life under mixed friction conditions
exhibits minimal deviation from the reference tests. However, significant differences are
observed under full lubrication, suggesting that the failure mechanisms in electrically
pre-stressed bearings diverge from traditional fatigue mechanisms.

In conclusion, the findings underscore the necessity for further research into the
mechanisms of electric discharge-induced damage in rolling bearings and the development
of advanced models for service life prediction.
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Abstract: Understanding and predicting the friction between a steel runner and an ice surface is
paramount for many winter sports disciplines such as luge, bobsleigh, skeleton, and speed skating. A
widely used numerical model for the analysis of the tribological system steel-on-ice is the Friction
Algorithm using Skate Thermohydrodynamics (F.A.S.T.), which was originally introduced in 2007 and
later extended. It aims to predict the resulting coefficient of friction (COF) from the two contributions
of ice plowing and viscous drag. We explore the limitations of the existing F.A.S.T. model and extend
the model to improve its applicability to winter sports disciplines. This includes generalizing the
geometry of the runner as well as the curvature of the ice surface. The free rotational mechanical
mounting of the runner to the moving sports equipment is introduced and implemented. We apply
the new model to real-world geometries and kinematics of speed skating blades and bobsleigh
runners to determine the resulting COF for a range of parameters, including geometry, temperature,
load, and speed. The findings are compared to rule-of-thumb testimonies from athletes, previous
numerical approaches, and published experimental results where applicable. While the general
trends are reproduced, some discrepancy is found, which we ascribe to the specific assumptions
around the formation of the liquid water layer derived from melted ice.

Keywords: ice friction; winter sports; thermohydrodynamics; frictional melting; numerical model

1. Introduction

The interplay between ice and runners in winter sports presents a captivating nexus
of physics, engineering, and athletic achievement. At the heart of competitive winter
sports lies the relentless pursuit of performance optimization. Athletes and equipment
manufacturers alike strive to gain a competitive edge. Understanding the complex dynam-
ics governing frictional interactions is paramount for enhancing equipment design and,
ultimately, achieving peak athletic performance.

Conducting experiments to study ice–steel friction in winter sports presents a unique
set of challenges. The frictional forces involved are low, speeds are high, and results can
vary significantly with respect to ice conditions, rendering experimental analysis costly and
time-intensive.

Numerical simulations have emerged as indispensable tools in unraveling the intrica-
cies of ice–runner friction. By leveraging computational models, researchers can explore
a vast array of parameters and scenarios regarding the runners’ geometries, materials,
climates, types of ice, kinematics, etc. Numerical simulations can thus offer unparalleled
insights into the underlying physics of winter sports.

In this paper, we build on an existing popular model called Friction Algorithm using
Skate Thermohydrodynamics (F.A.S.T.) to extend the scenarios to which it is applicable.

We start by introducing the previous generations of the F.A.S.T. model and laying out
the basic principle of its numerical scheme. The main limitations and challenges resulting
from this scheme are highlighted. We then introduce our additions to the model, extending
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its capabilities but also introducing new steps with significant computational costs. The
accompanying challenges are discussed.

In Section 3, we then employ the new model to investigate cases of two major winter
sports disciplines: speed skating and bobsleigh. Typical blade to ice configurations in these
disciplines can be seen in Figure 1.

  
(a) (b) 

Figure 1. Winter sports racing: (a) speed skater at the World Championships 2024 in Inzell and
(b) bobsleigh pilot at the 2024 Monobob World Championship in Winterberg (©R. Hartnick).

2. Methods

In the following sections, the origin and fundamentals of the F.A.S.T. model are briefly
summarized and the extensions made are presented.

2.1. F.A.S.T. Model

We start by looking at the history and current state of the F.A.S.T. model, as it was
used as a starting point for our work.

2.1.1. Genesis of the F.A.S.T. Model

The F.A.S.T. model was originally developed in 2007 by Penny et al. for the sport of
speed skating [1]. It was implemented for an upright speed skating blade and contained
terms for plowing of the ice and shearing of the water layer, which is built through melting,
heat conduction, and squeezing. In 2011, Lozowski and Szilder published the results of a
corrected and extended version of the code and provided a sensitivity analysis [2].

Poirier adopted the model for the sport of bobsleigh in 2011 [3], translated it from
FORTRAN to C++, and made several additions to the code, some discipline-related and
some not. Most notably, he made the water layer thickness variable in a lateral direction,
which is crucial when considering laterally variable geometries. He also added new
estimations for the ice hardness dependent on ice temperature and included the heat
transfer between the blade and the water layer. In 2013, Lozowski et al. published their
results for an inclined speed skating blade [4] but did not include the additions Poirier
had made to the code, which led to deviations in water layer thickness. An application
of the model to skeleton runners was published in 2014 by Lozowski et al. [5]; however,
except for implementing the skeleton runner geometry, no changes were made to the code.
In 2017, Stell delivered an adaptation of the code for the sport of luge for which he used
Poirier’s C++ code and translated it to Matlab Code [6]. Stell’s Matlab Code served as the
starting point for this study.

A more recent application of F.A.S.T. for speed skating was developed by Du et al. [7].
Therein, the assumption used in the code for the runner temperature, which is a very
sensitive parameter and which was recommended by Poirier [3] for further analysis, was
analyzed. Du et al. concluded that Poirier’s assumption that the runner has the same tem-
perature as the melt water is valid. Therefore, we adopted this assumption for our studies.
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2.1.2. Principles

The F.A.S.T. model accepts a set of parameters for the ice surface, the runner, the
ambient conditions, and the loading as well as the sliding speed. It assumes a quasi-static
momentary sliding state and predicts the resulting area of real contact, the thickness of the
melt layer, and frictional forces. The model accounts for the effects of plowing through
ice and the melt water film in two distinct steps, which we will briefly discuss here. For
further details and implementation, the reader is referred to Poirier [3].

The first step concerns the plowing of the blade through ice and is based purely on
ice hardness, load, and geometry. Elastic deformation of the ice is rightfully neglected; the
problem is dominated by plastic deformation.

Using an iterative process, the runner’s depth of indentation into the ice is found to
satisfy the condition for a normal load FN.

FN = HIce·Ac (1)

The underlying assumption is that the ice hardness HIce is the maximum compressive
stress that will occur everywhere inside the contact zone. The stress distribution carrying
the vertical load is, therefore, uniform.

The plowing is assumed to remove the ice volume and, therefore, any rear part of the
runner cannot come into contact unless it is located lower than any previous geometry
features. From Figure 2, it can be seen that the contact zone will thus generally arise in the
front part of the runner. For a spherical runner geometry on undisturbed ice, the resulting
contact zone will be semi-elliptical when observed from above. In this stage, the plowing
force FP is determined as

FP = HIce·AP. (2)

 

Figure 2. Schematic side (a), front (b), and top (c) view of the plowing action of a simple loaded
runner on an undisturbed ice surface inside the F.A.S.T. model. The indentation depth d leads to
geometrical overlap where ice material is plowed away in the contact zone. Both vertical load capacity
and frictional drag from plowing are determined by the ice’s hardness and affected areas.

The plowing stage of the simulation results in the determination of the plowing force
and the real contact area, i.e., the footprint of the runner on the ice.

The second stage calculates the thickness of the melt water layer under the considera-
tion of heat transfer and Couette flow.

Consider a particular spot on the ice surface. It is assumed that a preexisting microscop-
ical melt layer is always present on the ice surface (see, e.g., [8]). When the runner arrives,
the available heat for the further melting of ice is calculated based on the following aspects.

• Generation of heat by shearing of the melt layer through its viscous properties
• “Slow” heat conduction from the ice surface into the bulk of the ice
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• “Fast” heat conduction from the liquid melt layer into the ice surface
• Heat conduction from the runner into the liquid layer

The sum of these contributions produces the available heat. For any point on the ice,
it is integrated over the sliding history from the first instance of contact and divided by
the density and latent heat of fusion to determine the volume of melted water, i.e., the
film thickness.

The longer a point on the ice is in contact, the greater its film thickness becomes.
From the film thickness h, the viscous resistance of the runner FS can be determined

via integration over the contact zone:

Fs= v η
∫

Ac

1
h

dAc (3)

Here, v denotes the sliding velocity and η the dynamic viscosity of water.
An interesting property of the model is that this second stage considers the geometry

of the runner and ice only through the two-dimensional shape of the contact zone obtained
in the plowing stage.

It should be noted that the F.A.S.T. model described by Poirier and Stell includes an
additional procedure to calculate the effect of the squeeze flow out of the contact zone. This
flow is directed sideways and reduces the film thickness. However, we found the effect of
the additional calculation to be negligible in all relevant cases and have decided to disable
it due to its high computation cost.

Furthermore, we would like to point out that the MATLAB implementation given
by Stell contains flaws, which lead to inaccurate results. If you intend to work with this
implementation, please consider our supplemental material in Appendix A.

2.2. Extensions to F.A.S.T.

Some of the restrictions of the original model make it unsuitable for realistically inves-
tigating in sports disciplines. We have extended the model to tackle the most relevant issues.
In the following sections, we introduce the new requirements, discuss the implications that
follow, and how we implemented them.

2.2.1. Generalizing Geometry

In the Poirier version of F.A.S.T., the geometries are always similar: the ice surface is
perfectly flat and the runner is spherical with two radii of curvature. This configuration
always leads to a semi-elliptical shape for the contact area, which is calculated analytically
inside the program as a function of the indentation depth.

For arbitrary runner geometries, the area of contact is not generally accessible analyti-
cally and must instead be found by testing the surface pointwise: A value of the indentation
depth is assumed and the entire runner geometry is lowered by that amount.

Then, each line of ice surface is traced from the front of the runner to the back, following
the ice geometry. If the runner geometry intersects the surface, the latter is ploughed and
the current position is marked as being in contact.

This must be performed for all rows and for each assumed indentation depth.
In order to satisfy Equation (1), the correct indentation depth must again be found

iteratively. This process is straightforward but comes with considerable computational cost.
In principle, any geometrical particularities of a given sport discipline can be accounted for.

For speed skating, the longitudinal blade radius and inclination angle of the blade are
varied; for bobsleigh, the longitudinal geometry consists of a multitude of radii and the
track is not flat. For a more detailed discussion of winter sport runner geometries, see the
case studies in Sections 3.1 and 3.2. Custom runner geometries can now be used and the
track can be curved in both directions.

With arbitrary geometries, it can no longer be assumed that the resulting contact area
is contiguous. Figure 3 shows an example.

255



Lubricants 2024, 12, 203

 

Figure 3. Schematic side (a), front (b), and top (c) view of the indentation configuration of an
arbitrarily shaped loaded runner inside the improved F.A.S.T. model. The shape of the runner and
the curvature of the ice can lead to multiple non-contiguous contact zones.

2.2.2. Refreezing of Liquid Layer

The non-contiguous contact areas have implications for the second stage of the sim-
ulation (film generation) as well. A point on the ice surface can enter into contact, leave
contact, and come into contact again towards the rear of the runner.

The question arises of how the film thickness should evolve after the contact has been
lost. Looking at the terms contributing to heat in the contact, it is clear that the heat from
viscous shearing and from transfer related to the runner is absent when the ice is not in
contact. The remaining terms are:

• “Slow” heat conduction from the ice surface into the bulk of the ice;
• “Fast” heat conduction from the liquid melt layer into the ice surface.

These correspond to some outflow of heat and, thus, the refreezing of the film after
a loss of contact behind a runner contact section, see Section 3.2 for an example under
real conditions.

2.2.3. Lateral Forces

For various disciplines, athletes rely on some lateral load to be carried by the run-
ner, e.g., when passing through curves. We estimated the maximum load capacity in the
y-direction by calculating the effective plowing area in the respective direction and mul-
tiplying it with the ice hardness. These values can differ between the left and right-hand
sides when the runner/ice are tilted with respect to each other (for instance, in a turn inside
a curved track).

2.2.4. Rotational Free Mounting of Runners

In the first stage of the F.A.S.T. model, the runner is lowered into the ice until the
force balance is satisfied. The process is geometrically governed: an indentation depth is
selected for which the resulting normal force is found to match the external load. However,
the indentation depth is not the only geometrical parameter, even when 2D. The angle
of attack also governs the footprint dramatically. For most applications, the angle of
attack is not determined by the design of the sports equipment but rather a consequence
of the load distribution front/rear on the runner or, more specifically, the absence of a
rotational moment with respect to the y-axis. For speed skating, the point of reference can
be understood as the athlete’s ankle joint. In bobsleigh, each runner has an individual fixed
bearing to allow for a free adjustment of the angle of attack, see Figure 4.
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Figure 4. Typical mounting of bobsleigh runners. The runners are mounted in carriers, which have a
rotational degree of freedom around the front and rear axle.

In order to account for this, the attack angle as an additional degree of freedom is
introduced as well as the additional condition; therefore, the torsional moment, with respect
to a given point xr, vanishes:

My= 0 =HIce

∫
Ac

x−xrdAc (4)

Numerically, a combination of the indentation depth d and the attack angle αF must
be found iteratively to satisfy both Equations (1) and (4). This is numerically challenging
for two major reasons.

Firstly, the resulting normal force and even more so the resulting rotational moment
are extremely sensitive to even the smallest adjustments of the selected values for the angle
of attack and, to a lesser degree, to the indentation depth, see Figure 5.

 

Figure 5. In elongated runners, a slight change in the angle of attack will strongly affect the resulting
footprint (compare (a) and (b)). Its influence on the position and value of the normal forces (arrows)
and the resulting rotational moment around the lateral axes (circle with interior cross) is, therefore,
extremely pronounced.

Secondly, since the computational domain consists of discrete elements, the contact
area (multiplied by the ice hardness) cannot be tuned to match the normal force exactly.
Instead, only discrete values can be obtained that correspond to a certain number of surface
points identified to be in contact.

Again, for the determination of the resulting rotational torque, the discreteness of
the contact area applies, preventing Equation (4) from being satisfied exactly. Both the
indentation depth and the angle of attack must thus be chosen to represent a contact
configuration (e.g., a subset of surface points to be in contact) which is a viable compromise
in both equations.

As a consequence of the discrete nature of the problem, the dependencies are non-
smooth and, therefore, cannot be tackled with standard optimization techniques.
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In practice, we found this task to be the most challenging, with convergence towards a
good compromise being very hard to achieve.

3. Results

The extensions made to the code hold many new possibilities and enable more realistic
investigations of the friction behavior of winter sports equipment. As the first case study,
we looked at several issues from the sports of speed skating and bobsleigh.

3.1. Speed Skating

As a first case study, we applied the extended F.A.S.T. implementation to the sport of
speed skating, which the code was originally developed for.

Our advanced implementation of the F.A.S.T. code for speed skating allows not only
for the realistic representation of loads and inclination angles but also for the advanced
representation of realistic blade geometries. For example, modern speed skating blades do
not only have a longitudinal radius (see RL in Figure 6) but also a pre-formed lateral radius,
where the blade is bent around the vertical z-axis, to allow for better performance in the
curves, additionally, the longitudinal geometry does not have to consist of a single radius,
but can now be defined by a set of coordinates, which is essential and common for the
discipline of short track, which uses variable radii over the length of the blade. Exploration
of these variations in geometry will be conducted in future studies.

Figure 6. Sketch of a speed skating skate, consisting of a shoe, mounting system, and blade, from
the front (left) and the side (right) with a coordinate system. The angle αB is the inclination angle of
the blade, F is the total force acting on the ice, αF is the angle of attack of the force F and the radius
RL is the longitudinal radius defining the blade geometry (note that the radius is sketched in an
exaggerated manner). The blue line represents the ice surface.

Moreover, for basic speed skating geometries defined by only one longitudinal radius
RL, the effect of an inclined blade on the geometry in relation to the ice has to be considered.
When a blade with one longitudinal radius is inclined in relation to the ice, two things
will happen. Firstly, the projected curve of the blade in the x–z-plane will not be spherical
anymore and will have a lower curvature than the original radius. Secondly, the projection
of the inclined blade in the x–y-plane will have an effect on the contact which resembles a
camber or curvature around the z-axis and has a steering effect. For visual representation
of these effects see Figure 7.

For our case study, we looked at the crucial part of the stroke cycle on the straightaway,
using the measured forces and angles from [9,10] as they are shown in Figure 8. By using
the region of 30–100% of the stroke cycle, we considered 80% of the total force per stroke
and neglected the time of the stroke when both blades were in contact with the ice.
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Figure 7. Projection of a spherical curve after inclination. This graph serves as an aid to explain the
effect of an inclined speed skating blade on contact geometry.

Figure 8. Angles of force and blade (left vertical axis) and force onto the blade (right vertical axis)
during a speed skating stroke on a straightaway, values derived from [9,10]. The angles are measured
from the vertical axis in space.

For material parameters, we used the properties of a commonly used type of blade
material, namely, powder metallurgical high-speed steel. If not stated otherwise, we used
a standard blade geometry of a 25 m longitudinal radius RL, a skating speed of 8 m/s to
comply with previous publications, and a standard ice temperature of −5 ◦C, which is
common in speed skating arenas. A basal ice temperature 4 K below surface temperature
was assumed as realistic based on interviews with technical staff.

As a first analysis, we calculated the development of the contact area over one stroke
cycle (see Figure 9). Several effects can be observed in this analysis. Through higher
inclination angles, the contact area becomes narrower, which is due to the sharper angles
of the blade’s sides in contact. Simultaneously, the contact becomes longer, which is due
to the fact that, by inclining a radius to the ice, the effective longitudinal radius increases
(see Figure 7). This, again, leads to smaller indentation depths and, therefore, less plowing
but also higher viscous drag due to the elongated contact. Depending on the relation
between plowing and viscous contributions, the inclination can be beneficial to reduce
overall friction.
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Figure 9. Edges of contact zones for a speed skating stroke cycle on the straightaway with varying
forces and angles, moving from the 30% point of the cycle (first contact area to the right in light blue)
up to the 90% point of the cycle (most left contact area in olive green). The blade is moving towards
positive x values or upwards in this graph.

It is also important to note that the edge of the blade is not positioned at the left edge
of the contact area but starts at (0,0) and curves up to the first contact point. From this,
the steering effect of an inclined blade can be easily understood, as the above-shown right
blade runs on its inner edge (skating upwards) and has a tendency to steer to the left.

We performed calculations using variations in temperature in reference to the litera-
ture. For this analysis, we always calculated a “full” stroke cycle (meaning 30–100%) and
calculated a mean coefficient of friction over the eight states. The results can be seen in
Figure 10.

Figure 10. Coefficient of friction of a speed skating stroke cycle for varying ice surface temperatures
and otherwise standard values and the corresponding percentages of contribution from plowing and
viscous forces to the total friction force. For ice temperatures above −1.1 ◦C, which is the melting
temperature under pressure, the blade temperature was set equal to the ice temperature.
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The biggest difference to previous results by Lozowski et al. [4] is the lower COF
value and much lower sensitivity to changes in temperature. This is due to the fact that
our algorithm calculates similar values of plowing force but much lower values of viscous
forces than previous studies. The percentage contribution of viscous forces to the friction
force is around 30–40%, whereas, in previous studies, it was found to be around 60–80%.

In the further analysis of different effects, the 60% point of the stroke cycle was
chosen as a point of reference. For this state, an additional variation in skating speed was
performed to investigate the sensitivity. The results can be seen in Figure 11 and show a
similar behavior to the previous studies: the changes in ice temperature have a greater
effect at lower velocities and with decreasing ice temperatures. The COF changes from
rising with the rising speed at higher ice temperatures to falling with the rising speed at
low ice temperatures.

Figure 11. Coefficient of friction for the 60% point of the speed skating stroke cycle under variations
of skate velocity and ice surface temperature.

When comparing our results to friction measurements in speed skating performed
by de Koning et al. [11], two main things can be observed. Firstly, the coefficients of
friction calculated using the algorithm are lower than the ones measured under realistic
conditions. De Koning et al. measured COFs in the range of 4 × 10−3 to 6 × 10−3 under
comparable conditions. This is partly explainable, as the algorithm neglects a few effects,
e.g., imperfections and roughness of the ice surface and also the decelerating effects of
active steering.

When looking at the more recent experimental results from Due et al. [7], which were
obtained using a gliding vehicle, similarly higher COF values are measured. Secondly,
the sensitivity of the COF to ice temperature and skating speed is much higher in de
Koning’s measurements.

Both issues suggest that the algorithm underestimates the viscous forces. One possible
explanation for this can be found when considering the research by Canale et al. [12].
Through friction experiments using atomic force microscopy with an ice surface, they
found that the encountered viscosity of the melt water layer is much higher than the
viscosity of water at 0 ◦C from the literature. The F.A.S.T. code uses the standard value of
1.79 × 10−3 kg/m/s as dynamic viscosity η, whereas Canale et al. calculated a complex
dynamic viscosity with real and imaginary parts, with values for the real part in the range of
2 × 10−3 kg/m/s to 80 × 10−3 kg/m/s depending on temperature and sliding speed [12].
If the above analysis from Figure 11 is redone with a viscosity of 40 × 10−3 kg/m/s,
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the results change considerably, not only in value but also in sensitivity to speed and
temperature (see Figure 12).

 
(a) (b) 

Figure 12. Coefficient of friction for the 60% point of the stroke cycle under variation of skate velocity
and ice surface temperature with (a) dynamic viscosity of the water layer η = 1.79 × 10−3 kg/m/s as
in Figure 11 and (b) dynamic viscosity of the water layer η = 40 × 10−3 kg/m/s in reference to [12].
Both (a) and (b) have the same axis limits and identical color ranges.

When we look at earlier publications for comparison, some research exists as a ref-
erence point, especially the publications [4,7]. However, due to a multitude of changes
made to the code since then and further differences in the approach, we could not achieve
comparability with these literature results.

3.2. Bobsleigh

As a second case study, the sport of bobsleigh was examined. Due to the above-
mentioned additions to the code which allow for the definition of the blade or runner
geometry through coordinates z(x) rather than a single radius, the calculation of real
bobsleigh runner geometries becomes possible. Furthermore, the code now allows for
curved ice surfaces, which allows the calculation of curves in the ice canal. In all ice canal
sports, the loads are highest in curves and, therefore, the frictional losses are dominated by
the curves.

The runner of bobsleighs can freely rotate around the lateral axis (see Figure 4). This is
vital to maintain tangential contact with the ice while driving through curves. Our code is
capable of delivering the angle of attack in equilibrium. As mentioned above, this addition
comes with difficulties in convergence quality.

For a comparison of the overall behavior of the code in the sport of bobsleigh, we per-
formed a variation over ice temperature and sliding speed using the following conditions.

For runner material parameters, we used Uddeholm Ramax HH, which is currently
the only allowed material for bobsleigh runners. As longitudinal geometry, an older
standard geometry of FES runners was used, which was developed in the early 2010s
for the Altenberg track (see Figure 13). For lateral runner geometry, a radius of 7.5 mm
is assumed, which is the allowed maximum and a common choice for two-man front
runners. Concerning the normal force we assumed a mean normal acceleration on the sled
of 1.4 g. With a total weight of 390 kg for a two-man bob and 44% of that load on the front
runners (taken from [3]), we assume a load of 1220 N on a single front runner. For the track
geometry, a mean curvature of a normal ice canal with a 90 m longitudinal radius and no
lateral curvature is used. The sliding velocity was varied up to 35 m/s (126 km/h). These
conditions are used as a standard for the bobsleigh analysis unless stated otherwise. For
convergence reasons, we initially held the mounting rigid; therefore, we did not allow for a
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turning of the runner around the lateral axis, which is a valid assumption for open areas of
the track (in contrast to narrow curves).

 

Figure 13. Sketch of a bobsleigh runner geometry in side view (left) and front view (right, enlarged)
with coordinate systems. The longitudinal shape of the runner surface is defined by a multitude of
radii Rlong(x) changing with coordinate x and a lateral radius Rlat, which may or may not change
over x.

The field of the coefficient of friction, Figure 14, shows an overall similar picture to
the speed skating results in Figure 11 but with lower values. The results are in general
accordance with Poirier [3] but cannot be compared in detail, as Poirier usually calculates a
front and a rear runner to obtain one value for a whole sled; however, he apparently adds
both forces and applies them to one geometry. This is problematic due to two reasons:
firstly, front and rear runners always have different longitudinal and lateral geometries and,
secondly, as the relation between normal force and friction force is nonlinear, it is not the
same to apply twice the load to one geometry as to apply once the load to two geometries.

Figure 14. Coefficient of friction of a 2-man bobsleigh front runner with rigid mounting under
variation of sliding speed and ice surface temperature.

Comparing these results to practical experience from competitive bobsleighing high-
lights a few points. Firstly, the overall COF values are much lower than in reality. From
energetic considerations, we know that the frictional losses during a bob run correspond to
the mean frictional coefficient in the region of ~0.015. The difference in COF values is more
straightforward in bobsledding than in speed skating, since the ice quality and ice surface
quality of the ice canal is much lower than in a speed skating arena. The ice in the canal is
rough, wavy, and sometimes damaged, which will add to the coefficient of friction.

Secondly, we know from our experience in the sport that the COF variation with ice
temperature shown by the model is faulty: “warm” ice, which is close to its melting point,
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makes horrible conditions for the sport, as warm ice makes a track slow. Additionally,
warm conditions lead to high wear of the ice and as a result the high-speed loss of the
track during one heat, which leads to a dependence of the starting order on finish time. If
possible, such conditions should always be prevented using more freezing power. This
means the insensitivity to temperature at higher sliding speeds cannot be found in real
bobsleigh conditions.

As a second bobsleigh case study, we looked at entering narrow curves, as these are
always critical situations in a bobrun. There is a fast change in contact geometry, a high
risk of drift, and a fast-changing normal load. When passing through narrow curves with
flat runners, two separate contact areas can develop. Poirier already expected this behavior
and mentioned the need for a corresponding extension to the model. But this is only now
relevant, as real runner geometries can be calculated, because it is in curves, where the
complex geometry of real runners comes into play. For this exemplary study, we looked at
the entry into the spiral of the Yanqing National Sliding Center in the Beijing region, where
the 2022 Winter Olympics were held. Over a 10 m distance, the track bends from straight
to a curve of a 27 m radius, the normal load more than doubles, and the sliding speed is
~32 m/s. For the five intermediate states of this entry, we calculated the contact situation
using the above-mentioned conditions, except for speed and ice temperature, which was
held at −4 ◦C. For this analysis, the rotation of the runner was left free.

The results of the contact area in Figure 15 show that the code indeed can find equilib-
rium conditions with two separate contact areas, which do not have to be equal in size but
in rotational equilibrium. We also see that during the entry into the curve, the contact area
becomes longer rather than wider. This aligns with the results for the coefficient of friction,
which decreases during entry into the curve as seen in Figure 16.

Figure 15. Change in contact area while entering a curve in the track, decreasing curve radius, and
increasing normal forces from top left (straight) to bottom right (final curve radius). The runner
moves in the direction of negative x values (upwards).
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Figure 16. Development of the coefficient of friction for a 2-man front runner while entering into a
curve of 27 m radius. The values corresponding to plowing and viscous force are also shown.

For this example, it is interesting to look at the development of the lubricating water
film, which is depicted as a 3D plot in Figure 17 for the last calculated state of the curve
entry. This last state is especially suitable to show the development of the melt water layer
as it is a two-area contact. The figure shows how meltwater builds during the first contact.
Between the two contacts, the melt water layer is preserved but slowly decreases in height
as parts of it refreeze. Then, during the second contact, more ice is melted and the water
layer increases again. This additional buildup leads to higher water layer thickness during
the second contact compared to the first. Behind the second contact, the refreezing starts
again and the water layer thickness decreases. In regions far behind the contact, the water
layer will be refrozen completely (this region is not depicted in Figure 17).

Figure 17. A 3D depiction of the water layer thickness for a 2-point contact as it occurs in narrow
curves of the track (see Figure 15, bottom right). During passing, the water film increases and
decreases again afterward. The runner moves in the direction of negative x values.

Furthermore, we looked at another specific issue derived from bobsleigh practice,
which is a question of the effect of geometry. Poirier [3] determined that the F.A.S.T. code
calculates much higher reductions in COF through flatter runners (i.e., a reduction in longi-
tudinal radius) than from broader runners (i.e., an increase in lateral radius). Depending
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on the thermodynamic conditions, increasing the lateral radius can even increase friction
in the model. This is because increasing the lateral radius reduces plowing but increases
viscous forces and, depending on the other system conditions (temperature, velocity, and
so on), one effect overweighs the other. This also highly depends on the normal load, as
increasing normal loads increases the proportion of the plowing force. For high loads, e.g.,
4 g of normal acceleration as in a curve, the gain through broader runners is higher, but
still almost negligible compared to the gain through flatter runners.

This is another point where every person involved in the sport of bobsleigh would
disagree because broader runners are found to be always faster given that there is no snow
or hoarfrost on the track.

Whereas the use of flatter and broader runners is known to reduce frictional losses,
in ice canal sports, it must always be balanced with control over the sled. Especially in
curve entries and exits, pilots must have sufficient lateral grip to steer the sled in these
strategically crucial situations. Losing control over the sled or encountering excessive drift
can lead to side contact (i.e., time loss), hurt the ideal trajectory, and can set the sled up for
a crash. Therefore, it is the responsibility of trainers and pilots to take into account their
driving abilities, experience on a track, and weather conditions when choosing runners.

To get closer to a quantification of the control runners provide over a sled, we added
the theoretically maximal lateral force the contact can hold as an output of the code. We did
a variation of longitudinal and lateral radii over common ranges, now using a longitudinal
geometry of one single radius. It can be seen in Figure 18 that increasing the lateral radius
of the runner dramatically reduces the maximum lateral forces due to the decrease in
indentation depth.

(a) (b) 

Figure 18. Influence of changing the longitudinal and lateral radii of a bobsleigh runner on (a) the
coefficient of friction and (b) the maximum lateral force. Only percental changes to maximum values
are shown. Both (a,b) have identical axes and color scales.

Still, deducing from the model, one would always suggest choosing the flattest runners
(limitations to this apply due to performance in narrow curves) and reducing the lateral
radius if needed for control.

4. Discussion

With the new extensions of the F.A.S.T. code, a wide range of winter sport-specific
questions can be investigated in a more realistic manner. In speed skating, the representa-
tion of correctly inclined geometries and lateral force components add significant benefits
to move towards more realistic modeling of the sport. For bobsleigh applications, the
implementation of free runner geometries and ice curvature makes the code much more
realistic and usable for practicable application in the development of sports equipment.
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Adaptations for luge and skeleton are also possible and planned in the future. For luge,
the new implementation of runner geometries is especially interesting, as the runners
are mounted elastically with a camber; therefore, the contact geometry changes with the
changing load as the runner turns around the x-axis. Moreover, for luge and skeleton, the
implementation of free mounting is interesting, as the angle of the sled on the ice can be
changed by the athlete through shifting weight.

Still, there are uncertainties in the implementation that should be further clarified
through future research. This includes the ice hardness model, which was developed by
Poirier [13] and recently reproduced by Du et al. [7] but is derived from measurements
of drop tests with high scatter. The effect of deformation velocity on ice hardness, as
well as the effect of pressure melting should be included in future ice hardness models.
The publication by Liefferink et al. from 2021 [14] is an excellent starting point for this;
however, it focuses on lower deformation velocities and is, therefore, not directly applicable.
Furthermore, the temperature gradients in ice and blade are not well understood. The
recent work by Du et al. [7] starts to tackle this issue, but due to the high sensitivity of the
model to the blade temperature (as Poirier pointed out in [3]), a better representation could
be beneficial, especially as we know in ice canal sports, the runner’s temperature has a high
effect on finish time, and all runner temperatures are checked by officials before the start of
the race. At last, with the work of Canale et al. [12], the viscous properties of the meltwater
are under question.

All F.A.S.T. models in general produce coefficients of friction that are surprisingly
low. From comparison with empirical values from winter sports, we would have assumed
values higher by factors 4 to 6. In the ice canal sports, part of this discrepancy may stem
from the waviness of the ice canal from scraping, which could be added to the model in the
future for analysis. Furthermore, the consideration of surface roughness in the system is
neglected by the model and shall be briefly discussed here. The slider roughness is relevant,
as we know it can be of the same order of magnitude as the lubrication layer thickness.
Measurements of the ice surface roughness and waviness in a winter sports context have
not yet been published to the best of our knowledge. The implementation of ice surface
roughness would bring additional challenges with it, as it would need a time-resolved
simulation as the slider moves through the ice. It can be expected that a rough contact will
show higher COFs, as the indentation depth and, therefore, the plowing force, as well as
the viscous forces, due to a patchy lubrication layer, will be increased.

There are also a few other limitations to the code for the application in winter sports. A
smaller possible addition for speed skating would be the implementation of a curved trace
which is calculated from the steering effect of the inclined blade. The next big step towards
a more realistic representation would be the consideration of the elasticity of the runners.
It is known that speed skating blades under high inclination bend and, therefore, change
their shape. This is due to the fact that the contact with the ice is usually in the middle
part of the blade, whereas the force by the athlete is applied via two distributed mounts at
the shoe, one under the heel and one under the ball of the foot. In luge and skeleton, the
runners themselves but also the whole sled can bend and twist, especially in curves and
curve entries and exits. Of course, the integration of elastic behavior into the model can
have many possible forms and is a complex task that would not be easily accomplished.
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Appendix A. Corrected Code from Stell

The appendix of Stell [6] gives specific implementations of his previous F.A.S.T. code
in the MATLAB programming language. This implementation contains errors and should
not be employed.

Incorrect film thickness

When computing the film thickness, his code employs the following code segment a
total of three times, either as dh or dhr:
dh = dz*(. . .
(u_w*vˆ2/h(i,j − 1)) . . .
-(k_i*(T_i-T_b)/h_ice) . . .
-(T_mf-T_i)*sqrt(v*p_i*c_i*k_i/(pi*abs(zo(i,1)−z(1,length(z))))) . . .
+(T_sf-T_mf)*sqrt(v*p_s*c_s*k_s/(pi*abs(zo(i,1)−z(1,length(z))))) . . .
)/(p_w*l_f*v);

The corresponding formulae are numbered (2.29) and (2.30) in Stell [6], and, in
Poirier [3], they are numbered (4.25) and (4.26). The error is in the usage (twice) of
“z(1,length(z))”, which would give the coordinate at the end of the simulation domain. How-
ever, what is actually needed here is the running coordinate, as Poirier puts it, “The position
along the length of the blade“. In the code, we need to instead insert “z(1,j)” and obtain
dh = dz*(. . .
(u_w*vˆ2/h(i,j − 1)) . . .
-(k_i*(T_i-T_b)/h_ice) . . .
-(T_mf- T_i)*sqrt(v*p_i*c_i*k_i/(pi*abs(zo(i,1)−z(1,j)))) . . .
+(T_sf-T_mf)*sqrt(v*p_s*c_s*k_s/(pi*abs(zo(i,1)−z(1,j)))) . . .
)/(p_w*l_f*v);

This is consistent with the Python implementation of Poirier, which reads in the
relevant section:
for (k = 1;k<zsteps;k++) {

z -= dz;

h_condf = -dz * delta_T_i / (rho_w*l_f) *. . .
. . .sqrt(k_i*rho_i*c_i / (v*pi*(z0[j]−z)));

h_conds = dz * delta_T_s / (rho_w*l_f) *. . .
. . .sqrt(rho_s*c_s*k_s / (v*pi*(z0[j]−z)));

}

the code in question being “z0[j]-z” with decreasing “z -= dz”.

Missing case distinction for the contact area

There is an error in determining the contact area “A_r” of the rear runner when two
runners are used. The Stell code reads on page 75 of [6]:
A_r = (y_max+y_maxr)*l_sr;

Which is only correct when both tracks overlap. Otherwise, the rear runner’s contact
area is determined in the same way as the front runner (being “A_r = pi*y_maxr*l_sr/2”).

For the rear contact area, we thus need to discriminate between the two cases and write
if m == 1

A_r = pi*y_maxr*l_sr/2;

else % (being m == 0)

A_r = (y_max+y_maxr)*l_sr;

end
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Abstract: In the analysis of tribological contacts, the focus is often on a singular question or result.
However, this entails the potential risk that the overall picture and the relationships could be
oversimplified or even that wrong conclusions could be drawn. In this article, a comprehensive
consideration of test results including component and lubricant analyses is demonstrated by using
the example of rolling contact. For this purpose, thrust cylindrical roller bearings of type 81212
with unadditized base oils were tested in the mixed-friction area. Our study shows that by using an
adapted and innovative surface analysis, a deeper dive into the tribo-film is feasible even without
highly sophisticated analytical equipment. The characterization of the layers was performed by the
three less time-consuming spatially resolved analysis methods of μXRF, ATR FTIR microscopy and
Raman spectroscopy adapted by Schaeffler. This represents a bridge between industry and research.
The investigations show that especially undocumented and uncontrolled contamination of the test
equipment could lead to surprising findings, which would result in the wrong conclusions. Simple
substances, like hydrocarbons, are demanding test specimens.

Keywords: rolling bearing; tribology; polyalphaolefin; lubrication

1. Introduction

Due to the complexity of tribological questions, it is often necessary to focus on single
aspects. This could cause the risk of losing information and interdependencies and poses
the risk of losing sight of the bigger picture. Therefore, we conducted a comprehensive
study utilizing complementary surface analysis methods.

By using the example of rolling bearing tests with non-additized base oils, this publi-
cation aims to demonstrate the basic procedure and the possibilities of industrial practice.
The focus is on the investigation of contacts that are susceptible to the wear of bearing com-
ponents under mixed-friction conditions. The wear protection behavior of additive-based
lubricants and their function has been extensively investigated by several researchers in
the past.

The publications report on so-called tribo-films, which form in rolling bearing contacts,
especially under mixed-friction conditions [1–3]. Sulfur and phosphorus carriers [4] are
known as anti-wear or extreme pressure additives. Depending on the test conditions,
these show an occupancy of the surface up to a sustainably wear-protecting tribo-film [5].
Burghardt [6] confirmed that lubricating oils which do not contain any additivation could
also build up a wear-protecting film. It was shown that under the selected test conditions
there were significant differences in tribo-film formation between different base oils, which
was ascribed to the chemical structure of the oils. In addition, it was demonstrated [7]
that the tribo-film structure on a cylindrical thrust roller bearing is dependent on the
slippage conditions of the contact zones. The DIN 51517-3 “Lubricating oils CLP, minimum
requirements” [8] outlines the wear test according to DIN 51819-3 [9], the so-called FE8
low-speed wear testing, as an evaluation criterion for wear protection. The operating
conditions of this standard test are very demanding; therefore, unadditized or insufficiently
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additized lubricating oils do not pass this test. This is certainly an extreme case for many
applications; thus, considerable power reserves will be available in practice. It can be
assumed that not all rolling bearing applications that are operated under mixing conditions
have such high demands of the lubricant.

An approach to the bearing- and lubricant-independent evaluation of the rolling
contact regarding the risk of surface-initiated damage, such as wear, was presented by
Vierneusel [10]. Here, the specific friction energy flowing over the solid-state contact is
evaluated by the characteristic value eSID. This characteristic value is readily available in
Schaeffler Technologies bearing design software Bearinx [11] for the evaluation of various
rolling bearings under different operating and lubrication conditions.

The reported tests below and the analysis of the tested bearings show the correlation
between the degree of surface stress and the formation of a stable tribo-film using pure
base oils. The handling and recognition of unexpected influences are also considered here.
The detailed investigation of the analytical results is discussed. Furthermore, the impact of
the test setup on the results are explained in conclusion.

2. Materials and Methods

2.1. Bearings and Lubricants

The bearings used in the tests are cylindrical roller thrust bearings (CRTBs) of type
similar to 81212, designed as a test bearing type. These test bearings have a polyamide cage
with 15 rolling elements. The rolling elements and both washers are made of 100Cr6 steel,
with each martensitic component hardened and stabilized, as shown in Figure 1.

 

Figure 1. Cylindrical roller thrust bearing 81212.

The unadditized lubricants used were PAO 6 (OIL A) on the one hand and Dicarboxylic-
acid ester (OIL B) on the other. The reference oil (OIL C) was a fully formulated gear oil
with anti-wear additive. The data on the lubricating oils are listed in Table 1.

Table 1. Lubricant properties.

Lubricant Oil Composition Kinematic Viscosity Density Dynamic Viscosity
[mm2/s] [kg/m3] [mPas] *

40 ◦C 100 ◦C 15 ◦C 80 ◦C

OIL A PAO 6
No additivation 30.9 5.82 827 7.1

OIL B Bis(2-ethylhexyl) sebacate
No additivation 11.3 3.3 917 4.1

OIL C
Synthetic (PAO)

Fully formulated
(P = 0.06%; S = 0.045%)

46.3 7.84 847 10.1

* Calculated value.
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2.2. Testing Procedure

All tests were carried out by an FE8 test rig (Figure 2) according to DIN 51819, under
various operating conditions, with different grades of solid body contact.

Figure 2. FE8 test rig setup [10]: 1—test bearing; 2—spring package; 3—shaft; 4—bearing housing
drive side; 5—bearing housing spring side; 6—housing; 7—cup.

Each test bearing was weighed before and after the test run, to obtain information of
weight loss and thus the resulting rolling bearing wear. For this purpose, the bearings were
cleaned according to a standardized process and tested under test conditions, which are
listed in Table 2 in detail.

Table 2. Rolling bearing test conditions.

Test Conditions

Test Name

FE8, 100 kN/7.5 rpm/80 ◦C FE8, 50 kN/100 rpm/80 ◦C FE8, 50 kN/800 rpm/80 ◦C

Test rig FE8 (DIN 51819)

Bearing CRTB 81212 (F-562831.01)

Cage brass cage with 15 pockets polyamide cage with 15 pockets

Temperature 80 ◦C

Load 100 kN 50 kN

Resulting contact pressure * ≈2400 MPa ≈1750 MPa

Speed 7.5 rpm 100 rpm 800 rpm

Oil flow approx. 0.12 L/min

* Calculated value [9].

In addition to the test conditions under the mixed-friction regime, the selected bearing
type exhibits special kinematic conditions that lead to different values of frictional energy
across the raceway [5–7,10]. The expected main failure mechanism of the chosen test setup
is wear of the bearing components, which is measured in the form of a weight difference of
the bearing components. The selected maximum runtime of 80 h is much shorter than the
values of calculated fatigue life regarding ISO 281 [12]. The calculated contact conditions
are listed in Section 3.1.

2.3. Surface Analysis

The selected three surface analysis techniques, X-ray fluorescence analysis (μXRF),
attenuated total reflection fast Fourier transformation infrared (ATR FTIR) microscopy
and Raman microscopy, as methods of so-called correlative spectroscopy, allow the areas
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of interest to be characterized via mapping in their entirety. All three methods are non-
destructive, so it was possible to analyze the specimen generated in the FE8 tests without
any mechanical sample preparation. Before the analysis, it was only necessary to clean the
sample by rinsing off lubricant residues on the surface with a suitable organic solvent, e.g.,
n-heptane (CAS No. 142-82-5).

2.3.1. X-ray Fluorescence Analysis

In X-ray fluorescence analysis, high-energy radiation is used to excite the atoms of
the sample to be examined. This method makes it possible to identify and determine the
concentration of all elements from atomic number 11 (sodium). The physical principle of
XRF analysis is based on the principle that the atoms in the sample are excited by high-
energy X-rays. In these atoms, electrons from the inner shells are removed from the atom
through interaction with the X-rays. In a very short time, these vacancies are filled with
electrons from the outer shells. The free energy can be emitted as an AUGER electron or
as an X-ray photon. The energy of the emitted X-ray photon depends on the difference of
binding energies of both involved electron levels—the vacancy and the level from which the
electrons jump into the vacancy. Because this difference is characteristic for every element,
the excited specimen emits characteristic radiation (Figure 3). This fluorescence radiation
can be used to analyze both the qualitative and quantitative elemental composition of the
analyzed sample. μXRF is a special application of ED-XRF (energy-dispersive XRF), and it
offers the possibility of a position-sensitive element analysis of non-homogeneous surfaces.
The μ-XRF mappings were performed with a M4 Tornado (Bruker Nano GmbH, Berlin,
Germany).

 
 

(a) (b) 

Figure 3. (a) Excitation of X-ray fluorescence radiation. (b) Schematic diagram of μXRF, M4 Tornado
(images courtesy of Bruker Nano GmbH).

2.3.2. Infrared Spectroscopy

FTIR spectroscopy was used to determine the chemical structure of infrared active
substances of the generated tribo-films on the washer surface. This method is a type
of molecular spectroscopy (vibrational spectroscopy) and is mainly used in structural
elucidation and for the identification of unknown, especially organic substances. FTIR
spectroscopy is based on the physical effect that most molecules absorb light in the IR range
of the electromagnetic spectrum and convert the absorbed energy into molecular vibrations.
Vibrational spectroscopy is an energy-sensitive method. It is based on the periodic changes
in the dipole moments of molecules or groups of atoms caused by molecular vibrations
and the associated discrete energy transfers and frequency changes during the absorption
of electromagnetic radiation. These molecular vibrations lead to an IR spectrum that serves
as a characteristic “molecular fingerprint”, from which statements about the chemical
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structure of the sample being examined can be made. In FTIR spectroscopy, the position
and intensity of the absorption bands of a substance (structural groups or functional
groups) are extremely substance-specific. The possibility of directly analyzing functional
groups, which is often much more difficult or impossible with other analytical methods,
is the essential feature of FTIR spectroscopy and explains its importance as one of the
most important methods of instrumental analysis. In FTIR spectroscopy, there are various
methods and recording techniques. Attenuated total reflection (ATR) is a non-destructive
surface analysis technique and has become the most popular technique for measuring
FTIR spectra. The ATR technique uses the effect that optical absorption spectra can be
easily obtained by looking at the interaction of the totally reflected light emerging from
the optically dense medium with the optically thin medium. As shown schematically in
Figure 4, the sample surface is brought into contact with the ATR crystal, with IR radiation
being absorbed by the sample at each reflection point. ATR crystals made of germanium
(Ge) are best suited for the characterization of tribo-films, because of their low sample
penetration depth of 0.66 μm due to their high refractive index.

ATR FTIR microscopy is a position-sensitive FTIR application which allows for the
analysis of the surface of the raceway side of the washer by mapping a grid of 13 × 13
measurement points both circumferentially and transversally to the direction of the raceway
of the thrust bearing surface. The 13 measurement points of each row (identical tribological
conditions) were used to calculate a sum spectrum.

 

(a) (b) 

Figure 4. (a) Schematic diagram of ATR crystal. (b) Example of infrared vibration modes (images
courtesy of Bruker Optics GmbH).

The ATR FTIR mappings were performed with a LUMOS II (Bruker Optics GmbH).
The detailed equipment parameters of both the μXRF and ATR FTIR microscopy were
identical to those described in [13].

2.3.3. Raman Spectroscopy

In this publication, we would like to use Raman microscopy as a third analytical
method to analyze the IR-inactive compounds of tribo-films. The combination of these three
spectroscopic analysis methods thus completes our correlative spectroscopy in industrial
applications, which we use to characterize the tribo-films formed on the FE8 washers.

Raman spectroscopy is a molecular spectroscopy (vibrational spectroscopy) method
and is mainly used in structure elucidation and for the identification of unknown, IR-
inactive substances. Similar to FTIR spectroscopy, it provides information about the vi-
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brational and rotational states of molecules. However, the physical principles and the
excitation of the sample are different. The Raman effect is created by the interaction of
electromagnetic radiation and the electron shell of the molecules and, in contrast to FTIR
spectroscopy, is practically independent of the wavelength of the excitation radiation.

Excitation is achieved by monochromatic laser radiation. The main part of the laser
light passes through the sample, while a small part is elastically scattered by the substance
(the so-called Rayleigh scattering, same frequency as the laser). The part that is scattered
inelastically (the so-called Raman scattering) contains the structural information. This is
due to the deformability of the electron shell (polarizability) of the molecule during the
oscillation process (periodic displacement of the bonding electrons in the molecule due to
the oscillation of the core structure). (Figure 5).

Raman microscopy is a position-sensitive Raman application which allows, analo-
gously to the applied ATR FTIR microscopy, for the analysis of the surface of the raceway
side of the washer by mapping a grid of 13 × 13 measurement points both circumferentially
and transversally to the direction of the raceway of the thrust bearing surface. The 13 mea-
surement points of each row (identical tribological conditions) were used to calculate a
sum spectrum. The Raman mappings were performed with a SENTERRA II (Bruker Optics
GmbH). The technical specifications and the selected mapping parameters are shown in
Table 3.

 

 

 
(a) (b) 

Figure 5. (a) Schematic diagram of Raman microscopy. (b) Example of Raman shift (images courtesy
of Bruker Optics GmbH).

Table 3. Technical specifications and mapping parameters of Raman microscope, SENTERRA II
(Bruker Optics GmbH).

Technical Specifications Detailed Information

Laser 532 nm
Laser power 25 mW

Objective 20 × LD
Aperture 50 × 1000 μm

Integration time 20.000 ms/point
Co-addition 10

Spectral resolution 4 cm−1

Mapping parameter Grid of 13 × 13 measurement points

2.4. Lubricant Analysis

Analyzing the used lubricant in an adequate manner is as important as analyzing the
tested parts. To interpret the used oil values, the analysis of the fresh oil is necessary.
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The oil samples were analyzed by infrared spectroscopy (FTIR) in transmission mode—
Bruker Tensor 27. The element content of the samples was measured by X-ray fluorescence
spectroscopy (XRF)—Bruker AXS, S4 Explorer—and inductively coupled plasma optical
emission spectrometry (ICP-OES)—Spectro Arcos eop. The viscosity and density were
determined by a Stabinger Viscometer—Anton Paar Stabinger SVM 3000, Anton Paar, Graz,
Austria. In addition, the Total Base Number (TBN) and Total Acid Number (TAN) were
determined via titration—Metrohm TAN/TBN-Titrator. If necessary, the details of the
methods of analysis can be requested from the author.

3. Results

3.1. Contact Conditions

The operating parameters were used to calculate the rolling contact conditions via
bearing design software Bearinx [11], the rolling bearing calculation tool of Schaeffler
Technologies. In Table 4, the resulting parameters are listed.

The rolling contact conditions at 7.5 rpm (FE8 low-speed wear) are very harsh. The
lubrication film parameter Kappa (κ) regarding ISO 281 is with ≤0.01, typical for boundary
lubrication conditions. The friction energy is located at the solid-state contact, and no
significant lubrication film is present. At 100 rpm, a thicker lubrication film forms, but the
operation is in a strong mixed-friction regime. With the increase in bearing speed up to
800 rpm, the lubrication film grows. The surface asperities are still in contact, as shown by
the maximal eSID [10] value (eSIDmax), which is slight decreased compared with the 100 rpm
operation conditions. So, a mixed-friction regime is still present, but the overall surface
strain is reduced, as shown by the eSID value in Figure 6.

3.2. Test Results

The unadditized fluids were not testable under the harsh testing conditions of FE8,
100 kN/7.5 rpm/80 ◦C. The test rig was unable to examine the specimen because of torque
cut-off. Reference OIL C could be tested three times under these conditions without any
problems. The roller set wear of all six test bearings was below 10 mg. This was confirmed
by the statistical average roller set wear of m50WK = 3 mg. The milder test conditions were
only conducted with unadditized OILS A and B. With a load of 50 kN and a speed of
100 rpm, the OIL A test runs produced a torque cut-off after short running times below 1 h.
Despite the short service life, there was already considerable wear on the rolling bearing
components. The test runs with OIL B fulfilled the test duration of 80 h. The increase in
speed to 800 rpm resulted in wear-free test runs with both unadditized oils. To make the
data comparable, Table 5 lists the roller set wear rates of the different tests in addition to
the wear values.

Table 4. Calculated contact parameters for tested oils and conditions *.

Lubricant
FE8, 100 kN/7.5

rpm/80 ◦C
FE8, 50 kN/100

rpm/80 ◦C
FE8, 50 kN/800

rpm/80 ◦C

OIL A
eSIDmax = 344.7

μJ/mm2
eSIDmax = 188.05

μJ/mm2
eSIDmax = 123.76

μJ/mm2

κ = 0.01 κ = 0.08 κ = 0.43

OIL B
eSIDmax = 346.9

μJ/mm2
eSIDmax = 188.07

μJ/mm2
eSIDmax = 156.34

μJ/mm2

κ < 0.01 κ = 0.04 κ = 0.24

OIL C
eSIDmax = 342.3

μJ/mm2
eSIDmax = 187.62

μJ/mm2
eSIDmax = 94.66

μJ/mm2

κ = 0.01 κ = 0.11 κ = 0.60
* Values in gray just for comparison—no specimen created.
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(a) (b) 

Figure 6. eSID distribution over rolling contact for OIL B: (a) FE8, 50 kN/ 100 rpm/80 ◦C; (b) FE8,
50 kN/ 800 rpm/80 ◦C.

Table 5. Test duration, mean roller set wear and roller set wear rate.

Lubricant FE8, 100 kN/7.5 rpm/80 ◦C FE8, 50 kN/100 rpm/80 ◦C FE8, 50 kN/800 rpm/80 ◦C

OIL A not testable
early torque cut-off

0.5 h | 0.8 h (F) * 10 h | 10 h (S) *
41 mg | 43.5 mg <1 mg | <1 mg

82 mg/h | 54 mg/h <<1 mg/h

OIL B not testable
early torque cut-off

80 h/80 h (S) * 10 h/10 h (S) *
2 mg | 2 mg 1 mg | <1 mg

<1 mg/h <<1 mg/h

OIL C
80 h | 80 h | 80 h (S) *

- -3 mg
<<1 mg/h

* F = failure, test rig switched off automatically; S = suspended, manual switch off.

3.3. Oil Analysis

The analysis of the used oil samples after the test runs shows nothing really spectacular.
Only the iron content of the test run “FE8, 50 kN/100 rpm/80 ◦C” with OIL A was slightly
increased by a mean average of 8.5 ppm. No significant changes in element content were
detectable in the other samples. The infrared spectra, TBN, TAN and viscosity data for all
oil samples were identical compared to the respective unused oil. In none of the cases was
there any recognizable oil degradation.

3.4. Surface Analysis
3.4.1. Optical

All specimens showed significant signs of use. However, wear tracks on the raceways
were not optically visible compared with the unloaded areas, except for the OIL A 100 rpm

specimen, where wear tracks could be seen. The discolorations on all other parts were
typical of tribo-films. Table 6 displays the optical findings.
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Table 6. Optical surface analysis.

Lubricant FE8, 100 kN/7.5 rpm/80 ◦C FE8, 50 kN/100 rpm/80 ◦C FE8, 50 kN/800 rpm/80 ◦C

OIL A
Not testable

Torque cut-off

Wear tracks ( )
at slippage

areas
 

No wear visible

 

Gray to brownish raceway
Gray-colored raceway, slight

circumferential contrast differences
“Saturn rings”

OIL B
Not testable

Torque cut-off

No wear visible

 

No wear visible

 

Circumferential coloring, with
brownish, grayish and black rings

Circumferential coloring, with
brownish, grayish and black

dotted rings

OIL C

No wear visible

 
- -

Blue-colored raceway,
circumferential contrast differences

“Saturn rings”

3.4.2. Infrared Spectroscopy (ATR-FTIR)

The infrared spectra of OIL C specimens are identical. Beside the raceways, there
is nearly no IR activity. In the area of the raceways, strong absorption at the 1159 cm−1

wavenumber and weak absorption at 1435 cm−1 wavenumber are visible. This indicates
carbonate (CO3) and P-O structures on the surface [13].

The surfaces of the specimens tested with OIL A were less IR-active. The raceways
of specimens out of test runs at 100 rpm were virtually IR-inactive. Only partial O-H
(≈3350 cm−1), X-O (1040 cm−1) and Fe-O (630 cm−1) typical bands are visible. At 800 rpm,
a stronger peak at 630 cm−1 dominates. This could be typical of iron oxide but is nearly at
the limit of the spectrum scale and can be ambiguous.

This band is also detectable in all raceway spectra of the OIL B specimen. In addition,
especially in the 800 rpm specimen spectra, a sharp strong band at 1202 cm−1 is present.
This could possibly be, i.e., a C-O or S=O bend; however, a more precise assignment is not
possible. An overview is given in Table 7.

Table 7. ATR-FTIR surface analysis.

Lubricant
FE8, 100 kN/7.5 rpm/80

◦C
FE8, 50 kN/100 rpm/80

◦C
FE8, 50 kN/800 rpm/80

◦C

OIL A - Weak * Weak *
Fe-O typical bands Fe-O typical bands

OIL B - Middle * Strong *
C-O-C/S=O and

Fe-O typical bands
C-O-C/S=O and

Fe-O typical bands

OIL C Strong * - -P-O-P typical bands
*—band intensity in infrared spectrum.
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Figure 7 illustrates the infrared spectra from the inner raceway (slippage area) of the
specimens under the three test conditions. There is a clear differentiation between the oil
types used and smaller differences for the same oil under different test conditions.

 
Figure 7. ATR-FTIR comparison of inner raceway area OIL A (blue), OIL B (orange) and OIL C
(green).

3.4.3. Raman Spectroscopy

In contrast to the infrared spectra of OIL C specimens, the Raman spectra are unspecific.
There are no differences between the raceways and the unstressed zones.

 
Figure 8. Raman analysis of OIL A samples: FE8, 50 kN/100 rpm/80 ◦C (solid line); FE8, 50 kN/
800 rpm/80 ◦C (dotted line).
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The OIL A specimens under both test conditions of 100 rpm and 800 rpm show similar
spectra in the raceway area. All specimens were treated with an iron oxide layer (Fe2O3) [14]
(Figure 8).

In addition, typical carbon bands are visible in some spectra taken from the slippage
areas (Figure 9). This corresponds to optically visible dark-colored regions. Based on the
positions of the D and G peaks, it is assumed that the structure of the carbon black is nano
crystalline (NC-graphite) [15].

 

Figure 9. Raman analysis of OIL A sample. Area with additional carbon deposits.

Table 8 presents an overview of the Raman spectroscopy findings.

Table 8. Raman surface analysis.

Lubricant
FE8, 100 kN/7.5 rpm/80

◦C
FE8, 50 kN/100 rpm/80

◦C
FE8, 50 kN/800 rpm/80

◦C

OIL A - Weak * Weak *

Fe3O4 and Fe2O3
on raceway

Fe3O4 and Fe2O3, O-H
(Carbon black)

on raceway

OIL B - Middle * Middle *
Fe3O4 and Fe2O3, O-H

on raceway
Fe3O4 and Fe2O3, O-H

on raceway

OIL C None * - -No differences between
stressed and unstressed

areas
*—band intensity and respective wavenumber in Raman spectrum.

3.4.4. Element Analyses (μXRF and SEM-EDX)

Only in the OIL C specimens, increased phosphorous allocation in the raceway areas
was detectable. In these parts, a significant increased phosphorous content, especially in
the slippage areas, was visible. The OIL A specimens showed no specific surface deposits.
In the “FE8, 50 kN/800 rpm/80 ◦C” specimens, slight traces of sulfur were detectable in
the slippage zones of the raceway. The sulfur element was also detectable in all OIL B
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specimens at a low but significant concentration. This is surprising, because sulfur is not
an intentional part of the OIL B chemistry. A possible origin of sulfur could be minimal oil
residue in the test rig, equipment contamination or the bearing itself. Beside the raceways,
neither sulfur nor phosphorus deposits were detectable. A short overview is given in
Table 9.

Table 9. μXRF surface analysis; min (dotted) and max (solid) values of elements calcium, phosphor,
sulfur and zinc are displayed.

Lubricant FE8, 100 kN/7.5 rpm/80 ◦C FE8, 50 kN/100 rpm/80 ◦C FE8, 50 kN/800 rpm/80 ◦C

OIL A
Not testable

Torque cut-off

No significant concentrations Traces of sulfur in slippage zones

  

OIL B
Not testable

Torque cut-off

Sulfur at raceway Sulfur at raceway

  

OIL C

Phosphorus at raceway - -

 

In the supporting SEM-EDX analysis, no spectacular result in element analysis was
observed. On the surface layers of the washers, iron was the main element, as expected.
Additionally, the OIL C specimen tribo-film contained the phosphorous and oxygen ele-
ments in the area of the raceways. On all other raceways, beside steel, only oxygen was
present and, in some cases, also additional carbon. There were no additional elements
detectable, beside the typical steel accompanying elements. The selected SEM-EDX method
seems not to be sensitive enough to measure the sulfur concentration of the tribo-film of
OIL B specimens as identified by μXRF analysis. The summary of SEM-EDX analysis is
listed in Table 10.

Table 10. SEM-EDX surface analysis.

Lubricant
FE8, 100 kN/7.5

rpm/80 ◦C
FE8, 50 kN/100

rpm/80 ◦C
FE8, 50 kN/800

rpm/80 ◦C

OIL A Not testable
Torque cut-off Carbon and oxygen Traces of oxygen

OIL B Not testable
Torque cut-off Oxygen Oxygen

OIL C Oxygen,
phosphorous, (Na) - -
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4. Discussion

By combining several analysis and measurement methods, it is possible to achieve an
overall determination of the main influential factors for the wear test results. The surface
analyses showed distinctive signals along with very good differentiability of the resulting
tribo-films.

Despite the nominally poorer lubrication conditions, the OIL B specimens were less
wear-affected than the OIL A specimens. Neither, however, was as sufficient as reference
OIL C. Nevertheless, the respective oil analyses prove that unadditivated oils provide wear
protection under medium mixed-friction conditions.

Contrary to the oil analysis, the surface analysis presented a more precise result. It was
shown that different tribo-films were formed on the specimens dependent on the oil type
used. With OIL A, as expected and like the brown-colored tribo-film regions reported by [7],
an iron oxide-based tribo-film was detected. It seems that this kind of tribo-film is stable at
≈124 μJ/mm2 specific friction energy values, as in test “FE8, 50 kN/800 rpm/80 ◦C”, but
obviously not wear-resistant enough for ≈188 μJ/mm2 at 100 rpm.

In contrast, with OIL B, a mixture of an iron oxide-, carbon- and sulfur-containing
layer was present. The sulfur in the tribo-films on OIL B specimens is in clear contradiction
with the “detected as expected” tribo-films on the OIL A and OIL C specimens. Sulfur is
a typical element in lubrication oils and known as a wear protection additive in several
chemical structures. But OIL B is a pure dicarboxylic acid ester intentionally free of sulfur,
as confirmed by the used oil analysis. It seems that a sulfur content of OIL B below the
detection limit of 1 ppm promotes the formation of a sulfur-containing tribo-film. A possible
source of sulfur could be minimal oil residue in the test rig, equipment contamination or
the bearing itself. Further research is required here.

The identified phosphorous-based tribo-film of the OIL C specimens is in line with
expectations.

An open issue is the determination of the high-pressure contact viscosity of the fluids,
which was not measured here. The differences between polyalphaolefin and dicarboxylic
acid ester published in [16] are not able to fully explain the observed differences in wear
behavior. The sulfur exposure also appears to be relevant to the test results.

5. Conclusions

Firstly, the results clearly show that the wear behavior of a lubricated rolling bearing
is not only dependent on the operation conditions. Neither the contact nor the nominal
lubrication conditions can sufficiently explain the results. Beside the lubricant physics, the
lubricant chemistry, including the lubricant additivation, plays a significant role. The anal-
ysis of the resulting tribo-film is vital to the investigation of tribological issues. Tribological
contact appears to be more sensitive to surface-active substances than the state-of-the-art
analysis methods for lubricants. Knowledge of the resulting tribo-films would significantly
improve the interpretation of the results in the future.

Secondly, it was demonstrated that slippage including mixed-friction conditions
generally does lead to a high wear level. The surfaces (steel substrate including tribo-
film) of the rolling bearings are robust enough to tolerate a specific level of “insufficient
lubrication”. The specific friction energy flowing over the solid-state contact characterized
by the value eSID could be a first approach to quantify this specific level.

The following lists our most important findings:

- Different lubricant formulations lead to different tribo-films under the same test
conditions.

- The same lubricant formulation leads to similar tribo-films under different mixed-
friction conditions.

- Higher specific friction energy increases the wear risk by using the same oil formula-
tion, as demonstrated with OIL A.

- The tribo-film is more contamination-sensitive than the oil analysis, as demonstrated
with OIL B.
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By adding a combination of innovative surface analysis techniques to the state-of-
the-art analysis methods, the quality of tested and returned part forensic analyses will be
significantly improved. This presents an opportunity for development and research in the
field of rolling bearing technology.
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Abstract: As part of a publicly funded cooperation project, novel high-performance lubricants (oils,
greases, assembly pastes) based on ionic liquids and with the addition of specific micro- or nanopar-
ticles are to be developed, which are adapted in their formulation for use in applications where
their negligible vapor pressure plays an important role. These lubricants are urgently needed for
applications in cleanrooms and high vacuum (e.g., pharmaceuticals, aerospace, chip manufacturing),
especially when the frequently used perfluoropolyethers (PFPE) are no longer available due to a po-
tential restriction of per- and polyfluoroalkyl substances (PFAS) due to European chemical legislation.
Until now, there has been a lack of suitable laboratory testing technology to develop such innovative
lubricants for extreme niche applications economically. There is a large gap in the tribological test
chain between model testing, for example in the so-called spiral orbit tribometer (SOT) or ball-on-disk
test in a high-frequency, linear-oscillation test machine (SRV-Tribometer from German “Schwing-Reib-
Verschleiß-Tribometer”), and overall component testing at major space agencies (ESA—European
Space Agency, NASA—National Aeronautics and Space Administration) or their service providers
like the European Space Tribology Laboratory (ESTL) in Manchester. A further aim of the project
was therefore to develop an application-orientated and economical testing methodology and testing
technology for the scientifically precise evaluation and verifiability of the effect of ionic liquids on
tribological systems in cleanrooms and under high vacuum conditions. The newly developed test rig
is the focus of this publication. It forms the basis for all further investigations.

Keywords: ionic liquids; cleanroom; vacuum application; component testing; model testing;
screening tests

1. Introduction

Cleanroom technology plays a crucial role in various industries, including semicon-
ductor manufacturing, pharmaceutical production, biotechnology research, and aerospace
engineering, where controlled environments are required for high-quality manufacturing.
Stringent cleanliness requirements are necessary to prevent particles and other elemental
or molecular contaminants from compromising sensitive processes or products. In specific
cases, such as semiconductor or medical device manufacturing, vacuum is applied for a
further improvement of process cleanliness and quality, or it is inevitably present, as in
space applications [1,2]. A low volatility to prevent outgassing or evaporation is an initial
requirement for all materials employed in a cleanroom environment.

Such conditions place special demands on tribology [3,4]. While the active surfaces
of tribologically stressed components normally have the opportunity to form friction-
and wear-reducing surface layers through chemical reactions with the gaseous ambient
medium under atmospheric conditions, this is not possible in vacuum, where adhesion
mechanisms dominate in the contact interfaces and can lead to malfunctions and the failure
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of tribological systems [5]. It is furthermore well known that in particular, solid lubricants,
which are often parts of grease formulations, lose their lubricating functionality without the
presence of oxygen or water. Finally, additives or low-boiling oil fractions can evaporate
from lubricant oils, which can result in changes in properties such as chemical stability of
viscosity. Therefore, general testing techniques and technologies have been developed to
address the area of vacuum tribology [6–8].

The market for high-performance lubricants in the space, vacuum technology, clean-
room and semiconductor industries requires highly specified and well-understood materi-
als, in particular due to the high cleanliness standards and the demand for long maintenance
intervals, as the components are either difficult to access (space), or maintenance would
lead to machine downtime and thus to high costs due to production losses (especially in
the semiconductor industry). On the other hand, the demand for very small quantities in
comparison with other industries is very characteristic. This niche is unattractive for major
lubricant manufacturers that are used to supplying material multiple tons instead of grams
to kilograms. As a result, the range of lubricant options is very limited, and users often
have no choice but to use a commercially available standard product, to quantify the risk
of failure at great expense and to plan and implement appropriate measures.

Two types of commercially available technical products dominate the field of clean and
vacuum-compatible high-performance lubricants, perfluoropolyethers (PFPE) and multiple
alkylated cyclopentanes (MAC). PFPE have a wide range of operating temperatures, but
are virtually incompatible with additives due to the fluorinated base oils, i.e., only limited
options for formulations with property-enhancing ingredients exist. In addition, they
tend to degrade autocatalytically on ferrous surfaces, which drastically reduces the service
life of tribological systems [9,10]. MAC lubricants, on the other hand, are known for
long lifetimes, but are limited in the range of application temperatures due to their less
inert chemical structure. Stability can be improved by the use of additives, which can,
however, significantly enhance outgassing. In addition, this product group often exhibits
high starting friction, which is problematic for the safe design of the drive technology [11].
There is also a risk that the MAC oils generate hydrogen through tribochemical reactions,
which can lead to premature rolling bearing failures [12,13].

Ionic liquids (ILs) are organic salts; they consist of cations and anions that are (partially)
built up from hydrocarbon structures and that are often liquid at room temperature and
below. ILs display several advantages that make them suitable as promising compounds
for clean and vacuum-compatible high-performance lubricants, in particular vacuum
lubricants, such as a negligible vapor pressure, a high thermal and chemical stability,
and a low flammability. Their advantageous tribological properties have been reported
in various scientific studies [14–17] and in the context of vacuum lubrication for space
application [11,18–20]. Commercial interest in ILs as lubricants has been mainly limited
to their use as functional additives, for example, to improve conductivity in conventional
lubricants to reduce the risk of electrocorrosion. This can mainly be related to the high cost
in comparison to conventional mineral oil-based lubricants. ILs used as lubricant base oils
display a promising alternative to the commercially available clean vacuum lubricants due
to their potential to combine the thermal and chemical stability of PFPE-based lubricants
with the lifetime of MAC fluids. While the potential is evident, and a high demand for
such specialty lubricants exists, the development of IL-based lubricants represents a high
financial risk. Due to the extreme consequences of failure of tribological systems, a very
complex risk management is carried out that involves extensive and cost-intensive test
campaigns [6]. Hence, and in particular for very new and innovative technologies, potential
customers have to be convinced by good technical and scientifically sound arguments to
consider the use of new products. In the tribological test chain, there is a large gap between
initial model tests like the spiral orbit tribometer (SOT) [6–8] and dedicated component
testing. The transferability of the results from the highly simplified tests to the behavior of
original components such as roller bearings, plain bearings, linear guides, or spindle drives

285



Lubricants 2024, 12, 194

is not given [21]. This leads to major problems in the design of these construction elements
and the selection of suitable material and lubricant combinations.

There is therefore an urgent need to develop an application-oriented test methodology
for carrying out component or aggregate tests to evaluate the new high-performance lu-
bricants under cleanroom and vacuum conditions. Such a multi-stage test methodology
does not yet exist. Due to the storage and assembly of the components in an earth atmo-
sphere, the tests must be carried out under both cleanroom and vacuum conditions. In
addition, quick, simple tests, as well as more complex and application-related component
and component tests, must be carried out as part of tribological testing.

This paper describes the systematic investigation of five ILs for use as base oils for
cleanroom and vacuum lubricants, and in particular the development of a new type of
component test rig and its integration into the material characterization process. In this
rig, high-performance lubricants can be tested under cleanroom and vacuum conditions by
replacing modular linear slideways, plain, and roller bearings as well as ball-screw drives
in close proximity to the application. Initial measurement results show that the new test
stand fulfills the expectations placed in it.

2. State of Research

2.1. Scientific Fundamentals of Ionic Liquids

Among the numerous publications about ionic liquids, many research papers and re-
views discuss the applicability of ionic liquids as lubricants [16,22–25]. While the beneficial
lubrication properties of pure ILs are commonly highlighted, their high cost and a potential
corrosion risk are typical arguments for use as lubricant additives instead [16,17,26]. Indeed,
most conventional applications could benefit from IL additives, but not fully exploit the
potential that their specific properties offer. However, the following unique combination
of features makes them very promising compounds for use in cleanroom (vacuum) high
performance applications:

2.1.1. Vapor Pressure

Outgassing and evaporation are of particular concern for lubricants employed in
cleanroom or vacuum applications. Firstly, volatile organic species mean a contamination
risk for a clean environment, which can be particularly critical when sensitive (e.g., optical)
equipment is present. In vacuum, evaporation of volatile compounds increases significantly,
which can lead to vaporization either of low molecular mass fractions of an oil or functional
additives—both mean a risk for the functionality of the lubricant. Ionic liquids are known
for their very low vapor pressures, even at elevated temperatures [27–29]. It is challenging
to determine reliable vapor pressures, since many ILs begin to decompose before their
vapor pressure is measurable [27].

2.1.2. Thermal and Thermo-Oxidative Stability

The stability of ILs depends on the type of cations and anions, but also on their
interaction. In particular, cations based on heterocyclic aromatic structures such as pyri-
dinium, pyrrolidinium, or imidazolium are known for a high bond strength and overall
stability. Less-stable cations are ammonium or phosphonium based aliphatic structures.
For many ILs, the choice of anion is more critical than the choice of cation with regard to
the thermal stability. In a recent study, the thermal stability of 66 ILs was compared by
thermogravimetric measurements [30]; the most stable compounds from this study con-
tained the fluorine-containing anions bis(trifluoromethyl)sulfonylimide, tetrafluoroborate,
or hexafluorophosphate with onset temperatures higher than 400 ◦C. A relatively high
decomposition temperature can, however, provide a wrong perception of the long-term
stability. Fox et al. published a long-term study where the stability of ILs over 16 weeks of
oven storage at elevated temperatures was examined [31]. During that period, the physical
appearance and material properties of many tested substances changed drastically. It was
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shown that, in particular, the imidazolium ILs were most resistant to degradation, which is
in line with the findings from other studies [32].

2.1.3. Tribological Properties

The potential of ILs for tribological use has been widely researched, with the ILs being
used both as a base fluid and as additives [14–17]. It has been shown that ILs lubricating
metallic contacts can tribologically outperform commercially available fully formulated
oils. The ability to react with metal surfaces under formation of a tribofilm can significantly
reduce friction and wear. However, the knowledge in this field is still quite undeveloped,
and it has been noted as recently as 2013 [33] that there is still no clear understanding of
the mechanism for lubrication, and selection of ionic liquids for tribological applications
tends to be based on trial and error.

The use of ILs for tribological vacuum applications has been discussed in the context
of the space industry [20,34–36]. While different cation types were discussed, it was an
outcome of several studies that ILs that contained the bis(trifluoromethyl)sulfonylimide
(BTA) anion showed the most advantageous properties.

2.2. Available Test Rigs

According to the current state of the art, only model test rigs are commercially available
for testing tribological properties under vacuum conditions. This means that the tribological
system consists of simply abstracted test specimens, such as balls, disks, or plates.

In the aerospace sector, tests on the so-called spiral orbit tribometer (SOT) are standard
in the qualification phase of lubricants and coatings [37,38]. The spiral orbit tribometer
(SOT) is a thrust bearing with only one ball and flat raceways [8]. As in an original rolling
bearing, the ball is subject to rolling, spinning, and sliding motion. This is a much more
realistic bearing simulation than other tribometers that only perform unidirectional sliding.
Figure 1 shows the instrument’s internal components in detail. A single ball is loaded
between two flat plates. As the lower plate rotates, the ball is driven in a nearly circular
orbit. The orbit is actually an opening spiral, with the spiral’s pitch directly related to
the friction coefficient. At the end of each orbit, the ball contacts the guide plate, which
returns the ball to its original orbit radius. This orbit is repeatable during the entire test. A
sensor measures the force exerted by the ball on the guide plate and this yields the friction
coefficient. The instrument’s kinematics are well understood [37].

For most of the orbit, the ball undergoes pure rolling with spin; however, when the
ball comes into contact with the guide plate, there is a certain mechanical impact with
increased sliding ratio. This region is colloquially termed by the inventors of the test
bench the ‘scrub’, and the majority of lubricant degradation occurs here. An important
assessment parameter in this test is lubricant degradation, which can be measured online
using a gas element analyzer. Additionally, the SOT determines the friction coefficient of
both the lubricated system and the non-lubricated specimens. The relative lifetimes of
lubricant/material combinations correlate with full-scale ball bearing tests, and can be used
to select the appropriate lubricant for an application.

In the SOT, Hertzian contact stresses between 0.50 and 5.00 GPa can be set using
different normal forces and ball sizes, which corresponds to typical rolling bearing appli-
cations. Standard test plates are manufactured from 440C steel and polished to a surface
roughness Ra < 0.05 microns. Typical balls used are either 12.7 mm (1/2′′) or 7.14 mm
(9/32′′) diameter, manufactured from 400C and 52100 steel, respectively, depending upon
the contact stress requirements of the particular test [37]. The instrument is designed to
operate in ultrahigh vacuum or with a cover gas. Test acceleration is achieved by limiting
the lubricant amount on the ball to tens of micrograms.
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Figure 1. Setup spiral orbit tribometer (SOT) [8].

In addition to the SOT test, lubricants are often tested in a ball/plate contact ar-
rangement under oscillating sliding friction. However, as described above, this rarely
corresponds to the real loading in the application. The test is therefore even more abstract
than the SOT. Typical tribometers for this model test arrangement are the high-frequency,
linear-oscillation (SRV) Test Machine in accordance with DIN 51834 or ASTM D7421 from
Optimol Instruments [19,39–41] or a classical pin- or ball-on-disk test rig [21,38].

3. Assessment of Imidazolium-Based ILs as High-Performance Lubricants

While the excellent lubrication properties of ILs have been demonstrated, it is also
known that they can exert significant corrosion on metallic surfaces, in particular in the
presence of water [42–44]. Making the molecular structure of an IL more hydrophobic
could reduce water absorption and thus might reduce the corrosive impact on metals
and alloys. This could, however, also impact other key properties for a lubricant, such as
thermal properties, viscosity, or tribological functionality. In this investigation, five ILs
that are based on an imidazolium cation and an fluoroalkyl sulfonylimide anion, but with
differences in the length of the pendant alkyl groups of the imidazolium ion and the chain
length of the fluoroalkyl group of the anion, were tested and compared (Figure 2):

1-Butyl-3-Methylimidazolium Bis(trifluoromethylsulfonylimide) (BMIM BTA),
1-Octyl-3-Methylimidazolium Bis(trifluoromethylsulfonylimide) (OMIM BTA),
1-Butyl-3-Methylimidazolium Bis(pentafluoroethylsulfonylimide) (BMIM BETA),
1-Butyl-3-Methylimidazolium Bis(nonafluorobutylsulfonylimide) (BMIM BBTA) and
1-Octyl-3-Methylimidazolium Bis(trifluoromethylsulfonylimide) (OMIM BBTA)

Figure 2. Chemical structure of the investigated ILs.

3.1. Water Uptake

The water absorption from air is an indicator for hydrophobicity and is thus critical
for the corrosion of metallic materials. Also, highly hydrophilic ILs that absorb significant
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amounts of water show an outgassing risk and do not fulfill cleanliness requirements for
vacuum applications. For space application, a water content <1 wt % is required [45]. It
was expected that an increase in hydrocarbon group length at the imidazolium cation and
an increase in fluorocarbon group length at the anion increase the hydrophobicity and
reduce water absorption.

The candidate ILs were firstly dried by a bakeout in a glass flask in vacuum (100 ◦C,
10−1 mbar, 24 h). Then, 1 g of each fluid was allowed to stand open in laboratory air (22 ◦C,
50% relative humidity), and the weight was monitored over several days until a constant
level was achieved. Results are depicted in Table 1.

Table 1. Water uptake of IL candidates.

Ionic Liquid Water Uptake

BMIM BTA 0.20%
OMIM BTA 0.14%
BMIM BETA 0.12%
BMIM BBTA 0.15%
OMIM BBTA 0.05%

The water uptake was low for all tested ILs, and a tendency towards lower water
absorption could be observed. With regard to the chemical structure, it was expected that
BMIM BTA behaves least hydrophobic, and OMIM BBTA the most, which is reflected in
the experimental findings.

3.2. Thermal Properties

The properties at high and low temperatures were analyzed with different methods.
Melting points were characterized rheologically with an Anton Paar MCR 702 rheometer.
The following test conditions were applied:

� Plate/plate measurement system.
� Test plate size: 25 mm diameter.
� Measurement gap/lubricant layer thickness: 1 mm.
� Test temperature range: −20–25 ◦C at 1 ◦C/min.
� Shear stress: 2 Pa.

The melting point was determined as the temperature at which a measurable rotation
of the upper plate was detected. The thermal degradation was investigated with a NET-
ZSCH Libra F1 thermo-microbalance (TGA). Samples were heated in air atmosphere from
20–700 ◦C at a rate of 10 ◦C/min; the thermal degradation was assessed as the temperature
at which 2% of the original weight were lost. In addition, the long-term stability at constant
temperature was analyzed. Therefore, 1 g of each fluid was stored in an oven for several
weeks, and the mass loss was observed. Results are depicted in Table 2.

Table 2. Melting temperatures, degradation temperatures, and thermooxidative stability of IL
candidates.

Ionic Liquid
T (Melt)

[Rheology]
T (2% Mass Loss)

[TGA, Air]
Mass Loss

[Oven Storage]

BMIM BTA <−20 ◦C 354 ◦C 0.8%/16 weeks/200 ◦C
OMIM BTA <−20 ◦C 331 ◦C 2.0%/16 weeks/200 ◦C
BMIM BETA <−20 ◦C 326 ◦C 1.4%/6 weeks/200 ◦C
BMIM BBTA 10 ◦C 319 ◦C 0.2%/16 weeks/150 ◦C
OMIM BBTA 20 ◦C 316 ◦C 2.5%/5 weeks/200 ◦C

Longer hydrocarbon groups in the cation and longer fluorocarbon groups in the anion
increase the melting temperature due to their known tendency to crystallize. Also, and
as expected, a higher susceptibility towards thermal degradation was observed with an
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increase in alkyl chain length. It can be seen that the range of operating temperatures
would be smaller for these (more hydrophobic) ILs.

3.3. Viscosity

Viscosities and viscosity indices were determined rheologically with an Anton Paar
MCR 702 rheometer. Tests at different shear rates and temperatures were performed in
alignment with DIN 51810-1 [46]; the viscosity index was calculated according to ASTM
D2270-10 [47]. The following test conditions were applied:

� Plate/plate measurement system.
� Test plate size: 25 mm diameter.
� Measurement gap/lubricant layer thickness: 1 mm.
� Test temperature range: 20–100 ◦C.
� 10 min holding time at target temperature before measurement.
� Shear rate: 0/s–100/s.

Results are shown in Table 3.

Table 3. Viscosities and viscosity indices of IL candidates.

Ionic Liquid
Viscosity (25 ◦C, 50/s)

[Rheology]
Viscosity Index

[Rheology]

BMIM BTA 52 mPa·s 205
OMIM BTA 96 mPa·s 152
BMIM BETA 111 mPa·s 178
BMIM BBTA 448 mPa·s 88
OMIM BBTA 484 mPa·s 97

Again, a behavior as expected from the chemical structures could be observed. The
viscosity and the viscosity index correlate with the melting points and the hydrophobicity
of the ILs.

3.4. Corrosion

Corrosion tests were carried out with SAE 52100 steel (1.3505, 100Cr6), as this is the
standard material for rolling bearing parts; it is used in numerous tribological standard
tests (such as SOT or SRV) and is also known to be very susceptible to corrosion. Therefore,
round samples (height: 5 mm, diameter: 30 mm, surface roughness Rz: 6.3 μm) were
manufactured. Samples were cleaned with acetone; afterwards, the surface was fully
covered with IL. Samples were stored in a Memmert HCP 50 climate chamber for 2 weeks
at 80 ◦C temperature and 60% relative humidity. The samples were compared visually.
These tests only allowed a rough assessment (see Table 4), since visual characterization is
very objective and test results showed variation.

Table 4. Qualitative assessment of steel corrosion by IL candidates.

Ionic Liquid Corrosion on SAE 52100 Steel

BMIM BTA Severe
OMIM BTA Significant
BMIM BETA Significant
BMIM BBTA Significant
OMIM BBTA Little

Test results indicate a correlation between corrosion and water absorption. While
BMIM BTA had a severe corrosive impact on the steel, OMIM BBTA, in particular, showed
only small signs of corrosive attack. An improved method would be required for a more
detailed assessment.

290



Lubricants 2024, 12, 194

3.5. Tribological Evaluation on Model Test Rigs

Parallel to the development of the new vacuum test bench, the first tests with the newly
developed ionic liquids were already carried out under normal atmospheric conditions.
Classic model tests on the SRV test bench [39] and the mini-traction-machine (MTM) [21]
were used for this purpose.

First, the base fluid candidates without their thickener will be examined using an
oscillating friction wear tribometer (SRV). Typically, lubricants are tested on the SRV under
oscillating sliding friction, high pressure, high frequency, and small stroke in a ball/plate
arrangement. The loads in the SRV represent a worst-case scenario, which probably
only rarely occurs in real applications, but are regarded as a fast and consistent basis for
comparing lubricants, which are also internationally recognized and standardized.

3.5.1. SRV-Test According to DIN 51834-2 [40] and ASTM D7421-1 [41]

In order to examine lubricants comparatively under model conditions in the laboratory,
tests are often carried out today on the SRV oscillating friction wear test rig [21]. In the
simplest test, a 10 mm steel ball (100Cr6, hardened and polished) oscillates on a steel disk
(100Cr6, hardened, lapped). This test places high demands on the lubricant to be tested, as
mixed friction conditions constantly prevail due to the load collective and the oscillation
movement, and the pressures are high due to the point contact.

In the SRV, the ILs provided by the project partner are used to carry out endurance
runs in accordance with DIN 51834-2 (300 N load, 50 Hz vibration frequency, 1 mm
stroke, 50 ◦C sample temperature, 2 h running time) [40] to determine the friction and
wear properties, as well as load increase runs in accordance with ASTM-D7421-1 [41]
(80 ◦C sample temperature) to determine the maximum load-bearing capacity. A double
determination is used as the test statistic. The SRV is particularly suitable for testing these
base fluids, as only a very small amount of lubricant is required for the individual test.

In addition to the ILs, two vacuum lubricants (a perfluoropolyether (PFPE—Fomblin
Z25), a multiply alkylated cyclopentane (MAC)—Nye2001A) and a commercially available
engine oil (Castrol Edge 5W30) are tested as comparative references. Ideally, the ILs are
able to beat all references in the standard test. The results of these tests are shown in the
following diagrams (Figures 3 and 4).

 

Figure 3. Coefficients of friction in the SRV test acc. DIN 51834-2.
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Figure 4. Maximum contact pressure reached in the SRV load progression test acc. ASTM D7421.

Figure 3 shows the results from the DIN standard runs. An ideal lubricant shows a
low friction level in combination with low wear (small calotte diameter) and is therefore
located in the lower left area of the graph. It can already be seen here that the IL candidates
examined are close to each other and can undercut both the commercially available engine
oil in terms of friction and the PFPE in terms of wear. BMIM BTA, in particular, shows
great potential here. The second vacuum lubricant, Nye2001A, was not able to pass this
test at all, which is why it was not included in the graph.

In the ASTM load step run (Figure 4), which particularly examines the high-pressure
load-bearing capacity and protection against severe adhesive wear, similar results are
shown. Here, even the weaker IL variants (e.g., OMIM BBTA, IL19) are on a par with
the engine oil and shows a maximum surface pressure at least twice as high as the PFPE
oil (the MAC also failed directly here again). The best IL variants exhibit maximum
surface pressures of 2000 MPa (BMIM BTA, IL7)–2500 MPa (BMIM BBTA, IL18), which is
equivalent to a high-quality gear oil in terms of load-bearing capacity. Due to its corrosion
and temperature resistance, the project partner particularly favors variants of the BMIM
BTA (IL7) sample for further development.

The good test values can also be seen in the microscopic images of the test specimens
after the load increase run (see Figure 5). While the engine oil and PFPE show pronounced
signs of adhesive wear on the test specimens, the wear pattern of BMIM BTA and OMIM
BTA is primarily characterized by a rather soft tribofilm.

For the further course of the project, repetitions of the SRV tests of the most promising
IL variants with stainless steel test specimens (material 1.4125) and under a nitrogen
atmosphere are planned. Both represent an approximation of the conditions present in the
real system. The nitrogen atmosphere prevents reactions with the ambient oxygen, and
stainless steels are often used in vacuum systems for corrosion protection purposes.

292



Lubricants 2024, 12, 194

Figure 5. Wear patterns after the ASTM-D7421-1 test: (A) IL7, (B) IL9, (C) Castrol Edge 5W30,
(D) Fomblin Z25.

3.5.2. MTM-Tests

As soon as grease variants of the most promising ILs are available, these will also be
tested under rolling load using a mini-traction machine (MTM, see Figure 6). As described,
many motion systems are designed as rolling systems under vacuum conditions, as the
lowest possible friction and thus minimized heat input into the system can be achieved.
In addition to the wear mechanisms of abrasion, adhesion, and tribo-oxidation present in
the SRV tests, rolling friction also causes surface fatigue/breakdown. The plan here is to
load the lubricating medium with repeated Stribeck and traction curves under 1 GPa
Hertzian pressure until damage to the surfaces becomes noticeable due to increasing
friction levels. The MTM tests are also to be seen as a preliminary stage or complementary
to the rolling friction tests in the vacuum tribometer.

 
Figure 6. MTM setup.
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Preliminary tests of the most promising base lubricants—as used in the SRV tests—
showed good results. Tests were conducted with repeated speed variation runs (so-called
Stribeck tests) with 500–20 mm/s rolling speed, 1 GPa Hertzian stress, 2% Slide-Roll-Ratio,
and 50 ◦C pot/ambient temperature. The lubricants were applied as initial lubrication of
0.25 mL on top of the AISI SAE 52100 ball-and-disc specimen.

Figure 7 shows the results of all individual runs for the samples Fomblin Z25 and IL7.

 

 
 

Figure 7. Comparison of Stribeck curve evolution depending on the lubricant.

All tested lubricants were able to survive the 24 repetitions of the Stribeck curves.
Noticeable is the significant change in the Stribeck curve of IL7 with increasing number of
repetitions, which decrease to levels below 0.040–0.015 for speeds higher than 150 mm/s
(0.07 for Fomblin), which is probably due to changes in the surface structure of the ball/disc-
pairing surfaces (see Figure 8). These show almost no smoothing wear for Fomblin but
significant smoothing of the surface roughness for IL7, allowing a thinner specific lubrica-
tion film thickness and reduced friction.
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Figure 8. Comparison of wear tracks for (left) Fomblin Z25; (right) IL 7.

3.6. Summary of Ionic Liquid Assessment

The characterization of differently modified imidazolium fluoroalkylsulfonylimide
ILs revealed the impact of chemical structure on different properties that are relevant for
lubricant application. It could be shown that longer hydrocarbon groups at the imida-
zolium cation and longer fluorocarbon groups at the sulfonylimide anion led to less water
absorption and thus less corrosion on 52100 steel. On the other hand, earlier degradation
as well as higher melting temperatures and viscosities resulted. The least hydrophobic
compound BMIM BTA showed the best behavior during tribological characterization under
ambient conditions (Figure 9).

 
Figure 9. Observed structure–property relationships for investigated IL candidates.

4. Development of a Test Methodology for the Tribological Characterization of Ionic
Liquids in Vacuum and Cleanroom Applications

The aim of the project was to develop a completely new type of component test rig
that closes the gap between simple category VI model tests and component or aggregate
tests (category III) [48]. For this purpose, the lubricants are tested in an interchangeable
test cassette containing various design elements (Figure 10). Specifically, these are linear
plain guides, linear roller guides, plain and roller bearings, and ball-screw drives. All
components are placed in an easily replaceable cassette and subjected to frictional loads
against each other. This test rig is an essential component of the application-oriented test
strategy for new lubricants based on ionic liquids for cleanroom and vacuum applications,
which is also to be developed.
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Figure 10. Test cartridge with the individually testable design elements.

The novelty of the planned test concept is that with just one powerful servo motor as
the universal main drive (attached to the chamber by a magnetic coupling), the new ionic
lubricants can be tested, analyzed, and evaluated simultaneously in a vacuum in the four
tribological systems. The magnetic rotary coupling makes it possible to get rid of traditional
mechanical rotary feedthroughs with higher leakage rates, outgassing sealing fluids, short
service lives or low maximum speeds. If only individual systems are to be evaluated,
the other systems required for the force flow must be replaced by sufficiently powerful
reference systems (oversized, coated elements). The particularly compact design of the
test bench (Figure 11) results from the conflicting technical requirements of testing as close
as possible to the application (many different tribological systems) and, at the same time,
efficiently in a high vacuum (10−3 to 10−6 bar), with the shortest possible evacuation times.

 

Figure 11. Test chamber of the new vacuum tribometer with pumps and motor (left: CAD model,
right: real test rig).

The solution for determining the adhesion, sliding, and rolling friction properties
(efficiency, aging condition, etc.) of different lubricant/friction bearing/material com-
binations in the new test bench setup (in a vacuum) consists of the defined application
of force and the measurement of the reaction force and temperature development using
temperature sensors (IR and/or thermocouple). The recording of the tribologically impor-
tant parameters for force, speed, and temperature is carried out using the measurement
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techniques described below, on the basis of which the high-precision measurement and
mathematical analyses of the tribological systems are made possible. In this way, the
main measured variable—friction—can be analyzed and evaluated with high precision by
measuring the frictional force and additionally via the temperature change. This enables a
direct plausibility check of this important variable.

The force application and measurement of the reaction forces should be carried out
as follows:

� Plain and roller bearings: Bracing of the bearing seats with a defined force to create
a a contact pressure of up to 1.5 GPa or by introducing a radial force through the
ball screw. The reaction force on the bearing housing is measured using strain gauge
sensors.

� Linear guide: Tensioning of the linear guide with a defined force to create a contact
pressure of up to 1.5 GPa or by tilting the bushing. The reaction force on the guide
shaft is measured using strain gauge sensors.

� Spindle drive (threaded nut/ball screw): Tensioning of the spindle nuts or ball screw
with a defined force (FL). The reaction force is determined by the increase in torque
on the drive motor. This is determined via a reaction force measurement on the motor.

Measuring the friction of the individual systems separately in a vacuum was a consid-
erable design and metrological challenge. For this purpose, only the friction behavior of
the spindle system is measured via the motor torque. For all other systems to be tested,
reaction force measurements are used as the measuring principle to analyze the forces or
torques acting directly on the component.

The numerous temperature measuring points, which record the integral friction work,
help to validate the complex system. Thermocouples on each testing component record the
temperature development near the friction point, and an optional infrared camera docu-
ments the heat distribution. In this way, interactions between the individual tribosystems
can be visualized, and possible distortions in the measurement results can be reduced.

In a further expansion stage of the test rig, it is planned to install a camera system with
which the lubricant distribution and any visual changes in the lubricant can be documented
directly. In addition, the lubricant distribution and also the change in the color of the
lubricant are monitored with a video inspection system. An IDS camera system with
customized optics is used for this purpose, as these can be integrated directly into LabView.
Interval recordings can be used to create a time-lapse video after the vacuum test bench
test, which runs parallel to a progress display in the measurement diagram. In this way,
changes to the tribological system, such as material transfer or wear particle generation
and discharge, can be assigned to specific measured variables, and the interdependencies
of the tribological system can be visualized.

Various heating and cooling scenarios can be simulated to test the operating tempera-
ture range of the lubricants and the cause-and-effect relationships resulting from constant
and sudden temperature changes. The temperature is controlled (heating up to approx.
120 ◦C) using ceramic heater cartridges placed close to the friction contacts. The temper-
ature distribution over the individual systems could be changed using shielding plates.
This approach reflects the reality of satellite systems, for example, very well. To cool the
entire system, the test cartridge contains a meander which can be supplied with liquid
from an external cooling or heating unit via a fluid feed-through. Cooling is also required
to dissipate the frictional heat generated during high-load tests.

Another feature of the test bench is an optional connection flange for a mass spec-
trometer for direct gas analysis. This allows potentially occurring outgassing to be fed
directly to a mass analyzer in order to detect reaction processes of the lubricant with the
construction materials or under energy supply. In addition, reactants and volatile additives
in the lubricant formulation can be identified directly during use and reported to the project
partner for redesign of the lubricant formulation.

A special measurement and control technology based on LabView was developed for
automatic measurement and evaluation, customized for the test bench and the issues at
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hand (Figure 12). To ensure good signal/noise separation, high-performance DAQ modules
from National Instruments, which have been tried and tested at the KTM, were used.

 

Figure 12. User-friendly (German-speaking) GUI of the new test rig (control part of the screen).

The test stand therefore meets our own high standard for modern tribometers, which
we call “Tribometry 4.0” [49]. The aim of “Tribometry 4.0” is to understand tribological
systems instead of just producing characteristic values. The necessary digitalization is
achieved by recording numerous measured variables, using camera systems and, ultimately,
AI-based analysis methods.

5. First Test Results on the New Vacuum Tribometer with Original Components

The first test results with the new vacuum component test rig are described below.
In the test, a test cassette with the different design elements described above is subjected
to dynamic stress in continuous operation. Specifically, two angular contact ball bearings
of type B7200 (material EN 1.3505), two linear roller guides (type SSEBM10-155; stainless
steel), and a ball screw (type Dold 1001-204-0300 (SFU1204), materials: Spindle EN 1.1219;
nut 20CrMo) driven in a closed power flow by a servo-electric motor are located outside the
vacuum chamber. The components work against coil springs during the stroke movement,
which results in a dynamic load on the components. Different forces can be introduced
through different strokes. The frictional forces or frictional torques and temperatures of
the individual components can be measured separately. The test is completed when one
component fails.

In the first test, a stroke of ±35 mm was used, resulting in normal forces of max 2.1 kN.
The test was started at room temperature and a vacuum of 3 × 10−5 mbar. The test duration
was 20 h. Before the test, all components were dismantled, and the individual parts were
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cleaned in an ultrasonic bath using a multi-cycle cleaning procedure with boiling-point
petrol and isopropanol. The grease quantities used were 200 μL per linear carriage, 200 μL
for the spindle, and 100 μL per ball bearing. These very small quantities are necessary to
keep contamination as low as possible.

Figure 13 shows the results of all measurement channels for the Braycote lubricant.
In this run, the normal force on the ball screw was increased in four stages up to ±2.1 kN.
This load increase cycle was repeated 21 times within 20 h (Figure 13, top left). The graphs
at the bottom left show the temperatures of the individual components. Here, it can be seen
that the temperature of the ball screw and the angular contact ball bearing are significantly
higher than those of the two linear carriages. The temperature of the spindle rises again
from the 16th hour, which indicates an imminent failure of this component. In contrast,
the temperature of the angular contact ball bearing stabilizes, which is more indicative of
normal operation. The load on the linear slide also results from the travel position. The
force generates a load torque on the carriage. The friction force level on the left linear slide
decreases slightly at the beginning (center, second diagram from the bottom). The friction
force peaks on the right-hand linear carriage decrease slightly at the beginning, but also
increase slightly again after approx. 17 h (center, bottom diagram).

Compared to the temperature measurements, the torques of the individual compo-
nents and the overall drive are not as meaningful. Hardly any changes are recognizable
here. The torque of the angular contact bearings (black curve, right, center) appears to
decrease slightly over the test period, which correlates with the stabilization of the tempera-
ture. The torque on the spindle nut (green color) and also the total friction torque measured
on the drive (orange curve) do not change.

Figure 13. Overview of measurement signals of the first tests with Braycote 601 EF (Automated
evaluation in German language).

The mass loss on the ball screw amounted to 55 mg at the end of the test. The mass
of the two angular contact ball bearings decreased by 2.2 mg and 3.9 mg, respectively.
Although the linear carriages were inconspicuous in terms of friction, the greatest mass
losses were measured here at 106 mg (left) and 100 mg (right).

The test result shows that the spindle lubrication is the potential weak point. In a
further test, the amount of grease on this component is now increased. If this is not effective,
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the load must be reduced, which can be achieved, for example, by increasing the size by
one size.

6. Discussion, Conclusions, and Outlook

The testing of lubricants for applications in cleanrooms and under high vacuum (e.g.,
pharmaceuticals, aerospace, chip production) is a challenging task. The results of model
tests (Cat. VI) are often not transferable to real applications, as the load collectives and
boundary conditions in the components cannot be reproduced well enough. Complex
aggregate tests (Cat. III) can only be carried out by a few specialized testing institutes and
are extremely time-consuming and therefore expensive. As the volumes in this special
niche segment are also very low, it is hardly possible to develop a cost-effective and
yet application-oriented and individualized solution. The innovative vacuum test bench
presented in this paper with a test cassette containing various mechanical design elements
closes this gap.

For the first time, the tribological performance and characterization of high-performance
lubricants based on ionic liquids can be documented, analyzed, and evaluated with high
precision under cleanroom and vacuum conditions using a variety of measured variables on
a universal component test bench (test class IV). The multifunctional design in combination
with state-of-the-art measurement technology enables the desired transferability of the
results to various practical applications.

Based on the new laboratory testing facilities now available, new types of ionic fluids
are being investigated which represent a genuine alternative to the PFPE or MAC oils
previously used in this area. In particular, the replacement of perfluoroorganic lubricants,
materials, and coatings is urgently needed not only due to a potential restriction of PFAS-
containing compounds in many of the above-mentioned areas, but also since end customers
already expect PFAS-free solutions from suppliers. The physical–chemical and tribological
tests presented here show that already the plain ionic liquids discussed here show the
potential to outperform commercially available vacuum lubricants. The corrosive effects by
ILs are a drawback that is investigated by employment of dedicated methods, and strategies
for corrosion mitigation are currently elaborated. Overall, the blending of ILs offers an
immense amount of fluid combinations for controlling the individual properties; the use of
vacuum-compatible additives and the employment of rheological modifiers furthermore
depict a huge toolbox for the development of tailor-made high-performance lubricants for
all different kinds of lubricant applications that require outstanding material cleanliness.
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Abstract: To mitigate the environmental hazards aroused by fossil-based lubricants, the develop-
ment of eco-friendly internal lubricants is imperative. Siloxane-based internal lubricants, widely
applied as plasticizers in polymeric compounds, are a promising option. However, their impacts
on the tribological properties of polymeric tribocomponents are still unclarified. Therefore, in the
current study, a siloxane-based internal lubricant with the product name ‘EverGlide MB 1550 (EG)’
was dispersed into a polybutylene terephthalate (PBT)-based tribological composite to investigate
whether the tribological properties of the composite can be optimized. A block-on-ring (BOR) test
configuration was used for this purpose. It was found that the addition of EG to the composite
significantly improved the tribological behavior; the improvement was particularly significant under
lower load conditions (pv-product ≤ 2 MPa·m/s). Compared to the reference PBT composite, the
addition of EG reduced the friction coefficient (COF) by about 30% and the specific wear rate by
about 14%. An accompanying surface analytical investigation using photoelectron spectroscopy to
elucidate the effective mechanisms at the molecular level showed the availability of tribologically
effective and free EG after its addition to the composite in the relevant tribocontact.

Keywords: PBT; siloxane; lubricant; tribological properties; transfer film

1. Introduction

With the thriving progress of aerospace, automotive, medical, and electronics technol-
ogy, the demand for lightweight and durable wear-resistant materials is growing rapidly.
Polymeric materials are lightweight, economical, and non-toxic, and they possess superior
strength-to-weight ratios, corrosion resistance, and insulation, which are regarded as excel-
lent alternatives to metallic materials [1–6]. In view of the lower processing temperature,
as well as the flexible shape manufacturing of polymeric materials, polymeric materials
had numerous advantages of production, such as lower energy consumption and costs
than metallic materials, which has been widely favored in the industrial field [7,8]. Some
polymeric materials demonstrate low friction noise, self-lubrication, and transfer film-
forming mechanisms, which are considerable prospects to be adopted in the tribological
industrial field, such as to gears, bearings, and seals [9,10]. However, the neat polymeric
matrix generally presents inferior mechanical properties and load-bearing properties. The
exhibition of their advantages on tribological performance relies heavily on the cooperation
with reinforcing fillers [11]. For example, the fibers could be conferred superior tribological
properties to make them suitable for more severe environments, which is regarded as one
of the most important reinforcers for polymer materials [12,13].

As one of the most universally used engineering plastics, PBT offers excellent dimen-
sional stability, desirable stiffness and strength, and superior heat aging behavior. It is
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widely utilized in industrial applications, such as in gears [14,15]. Nevertheless, PBT-based
tribocomposites produced according to the traditional formulation still exhibit drawbacks
of severe friction and intense wear, which cannot meet operation qualifications under some
extreme/dangerous environments. Thus, to further improve the tribological performance
and prolong the lifetime of the PBT-based tribological components, the proposal for an
appropriate lubrication strategy is urged [16–18].

Traditional external lubricants utilized in metallic materials, i.e., mineral oil and min-
eral lubricating grease, can induce the swelling of plastic components, deteriorating their
mechanical and tribological properties [19,20]. By means of this, only when choosing
compatible lubricants can the performance and lifetime of plastic tribological components
be effectively improved [21,22]. In actuality, internal lubricants, such as graphite-, Teflon-,
and petroleum-based lubricants, have been extensively utilized in polymeric compos-
ites [23–25]. However, the production of these lubricants is heavily reliant on fossil fuels,
and their application generates significant environmental pollution [26–28]. Therefore,
it is imperative to explore eco-friendly alternatives to promote product innovation and
industrial upgrading for traditional internal lubricants. Compared to petroleum products,
siloxane internal lubricants do not contain harmful substances, such as heavy metals and
polycyclic aromatic hydrocarbons. Except for elevating the tribological performance, the
addition of siloxane has also proved to enhance the processability and dimensional sta-
bility of plastic tribological components, which possess intensive potential to be utilized
as multifunctional additives in eco-friendly tribology components [29,30]. However, to
date, there are few studies on the possibility of applying siloxane as a plasticizer/lubricant
multifunctional additive, especially for PBT-based tribocomponents. The impacts of silox-
ane on the mechanical properties, tribological properties, and interface contribution are
still unclarified. Additionally, the utilization of the combination between siloxane and
the varying length scale fillers on the tribological performance of polymeric materials still
exists in technical vacancy.

In this research, a siloxane-containing polymeric tribological composite was manufac-
tured by applying a polybutylene terephthalate (PBT) matrix. The impacts of the siloxane
internal lubricant on the mechanical and tribological properties of PBT composites were
investigated. Accordingly, to demonstrate the potential tribological mechanisms within
the introduction of siloxane, elemental compositions for the tribological transfer films of
the composites were characterized by X-ray photoelectron spectroscopy (XPS). It is antici-
pated to provide insights into the plasticizing/lubricating effects induced by siloxane to
polymeric materials, elucidate the potential mechanism of siloxane on the friction interface,
and broaden the utilization of PBT-based tribocomponents in industry.

2. Experimental

2.1. Materials and Composites Manufacturing

PBT with the trade name Ultradur B 4520 was provided by BASF SE, Ludwigshafen,
Germany. Short carbon fiber (C C6-4.0/240-T190) and graphite flake (RGC 39A) were
kindly supported by SGL Carbon SE, Augsburg, Germany, and Superior Graphite Europe,
Sundsvall, Sweden, respectively. Siloxane internal lubricant (50% siloxane dispersed in a
proprietary polyethylene terephthalate resin, EverGlide (EG) MB1550, Polymer Dynamix)
was kindly donated by Lehmann & Voss & Co., KG, Hamburg, Germany. In addition,
different particles, i.e., submicron-sized zinc sulfide (Sachtolith HD-S, Venator Materials,
Duisburg, Germany) and titanium dioxide (Kronos 2310, Kronos International, Inc., Lev-
erkusen, Germany), as well as nano-sized silica (Aerosil R 9200, Evonik Industries, Hanau,
Germany), were used as friction and wear reduction fillers within the PBT composites,
which are all commercially available products. In this study, two kinds of PBT-based
tribological composites were designed, namely PBT-TC and PBT-TC-EG. PBT-TC consists
of short carbon fiber, graphite, zinc sulfide, titanium dioxide, and nanosilica. To study the
effects of the siloxane on the friction and wear performance of this composite, EverGlide
material was added to this composite, which is named PBT-TC-EG.
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The designed composites were melting-compounded with the fillers by using a co-
rotated twin-screw extruder (Leistritz ZSE 18 MAXX—40 D, Leistritz, Nürnberg, Germany)
at a rotation speed of 200 rpm. The temperature from the feeder to the nozzle was selected
between 120 and 260 ◦C. After extrusion, an ENGEL injection-molding machine (victory
200/80 spex, ENGEL, Schwertberg, Austria) was applied to injection-mold the composites
into plates with a geometry of 50 mm × 50 mm × 4 mm, from which samples for mechanical
and tribological investigations were prepared. At least five samples were tested for both
characterizations in order to calculate the mean values and the standard deviations.

2.2. Mechanical Investigations

The tensile properties of PBT-TC and PBT-TC-EG were tested at room temperature
(23 ± 1 ◦C) on a universal testing machine (RetroLine, Zwick GmbH & Co., KG, Ulm,
Germany) according to DIN EN ISO 527-2:2012 within a dumbbell shape of type 1BB [31].
The measurements followed DIN EN ISO 527 using dumbbell-shaped specimens. The
Young’s modulus of samples was measured by the crosshead within a speed of 1 mm/min.
The tensile strength and elongation at the break of samples were determined with a tensile
speed of 50 mm/min.

2.3. Tribological Studies

A block-on-ring (BOR) tribometer was adopted to evaluate the tribological properties
of the composites with a sample geometry of 4 mm × 4 mm × 10 mm (apparent contact area:
4 mm × 4 mm) under dry sliding conditions at room temperature according to standard
ASTM G77-17 [32]. The sliding counterbody was the standard bearing inner ring (100Cr6,
INA, Schweinfurt, Germany) with a diameter of 60 mm outside, 5 mm thickness, and a
surface roughness Ra = 0.2 ± 0.04 μm. The 2D force transducer was utilized to define and
record the normal and frictional forces during tests. Overall, 5 input load conditions, 1 MPa
and 0.5 m/s, 1 MPa and 1 m/s, 2 MPa and 1 m/s, 3 MPa and 1.5 m/s, and 4 MPa and 2 m/s
were selected to comprehensively analyze the tribological performance of the composites.
Steady-state coefficients of friction (COF) and specific wear rates were calculated based
on at least three measurements under each load condition. The specific wear rate (ws,
mm3/Nm) was determined by the following equation:

ws = Δh/(p × s) (1)

where Δh is the height loss measured by using a displacement transducer during the sliding
test, p is the pressure, and s represents the sliding distance.

2.4. Chemical Characterization

Chemical characterization of the transfer film was carried out by X-ray photoelectron
spectroscopy (XPS), using an Axis Nova small spot electron spectrometer (Kratos Analytical
Ltd., Manchester, UK), equipped with 165 mm radius hemispherical analyzer, combined
electrostatic and magnetic lenses, DLD detector and monochromatic Al Kα (1486.6 eV)
X-ray source, working at an operating pressure lower 10−8 mbar. On each sample, three
elongated measuring spots, with a size of 350 × 700 μm2, were selected in the area of
tribological loading and one outside. The concentrations given represent average values of
the individual measurements. The detector axis was oriented parallel to the normal surface
of the sample. Elemental concentrations were calculated from survey spectra (electron
pass energy: 160 eV) using standard sensitivity factors given by Kratos Ltd. and Shirley
shape fits for background subtraction. The binding states of carbon, oxygen, and silicon
are characterized by C1s, O1s, and Si2p detailed core level spectra at an electron pass
energy Epass = 20 eV. Possible charging artifacts were compensated by shifting the binding
energy scale with respect to a true C1s binding energy of 285 eV for aliphatic hydrocarbons.
The information depth of this analysis is element- and material-dependent, smaller than
3–5 nm.
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Chemical state analysis after subtraction of a Shirley-type background was performed
by inscribing Gauss–Lorentz shaped partial peaks, localized at typical chemical shift, given
by the NIST database [33].

3. Results and Discussion

3.1. Mechanical Properties

The impacts of the introduction of EG on the mechanical properties of the PBT-based
material are illustrated in Figure 1. In comparison to the reference PBT-TC material, the
incorporation of EG leads to a significant reduction in Young’s modulus and ultimate
tensile strength. However, a notable elevation of the elongation at break for the PBT-
TC-EG is observed. This can be explained by the plasticizing effect of siloxane [34,35].
According to the research by Arzhakov et al., low-thermodynamic-affinity siloxane tends
to localize at the local structural regions of the boundaries between supramolecular or
suprasegmental structures for polymethyl methacrylate (PMMA), changing the mobility of
the macromolecules or its segments in this region; then, the mechanical behavior of PMMA
is affected [36]. In their work, the elastic modulus and the yield stress behaved sharply,
cutting back with the high load of the siloxane. In addition, the flexible Si-O-Si bondage
enriched in siloxane also proved to contribute to the ductility enhancement of the polymer
matrix [37]. Hence, the high siloxane load in this research brings about a reduced modulus,
raised tensile strain, and improved processability for the PBT matrix.

Figure 1. Young’s modulus (a), ultimate tensile strength (b), and elongation at break (c) of the
composites.

3.2. Tribological Properties

The COFs of PBT-TC and PBT-TC-EG under different load conditions are elucidated in
Figure 2a. With the increment of input load conditions, the COFs of the materials undergo
a maximum, which is independent of the composite’s compositions. With respect to the
influence of the siloxane addition on the tribological properties of PBT-TC, it is of great
interest to observe that, except for extremely high load conditions (3 MPa and 1.5 m/s,
4 MPa and 2 m/s), the addition of EG could effectively reduce the COFs of the tribologically
modified PBT-TC. Compared to PBT-TC, the COF reduction rates of PBT-TC-EG are 25% at
1 MPa and 0.5 m/s, 21.4% at 1 MPa and 1 m/s, and 30.6% at 2 MPa and 1 m/s, respectively.
It is presumed that the introduction of EG could enhance the lubrication property of formed
transfer films, which bring about lower friction forces during sliding under relatively low
load conditions. However, once conducted under relatively high input load conditions
(3 MPa and 1.5 m/s, 4 MPa and 2 m/s), the PBT-TC-EG presented higher real contact area
between counterbody than PBT-TC as the softening due to EG addition, demonstrating
higher COFs than the PBT-TC material.
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Figure 2. COFs (a) and specific wear rates (b) of the composites.

The lubrication property of the EG material can also be evidenced by the specific wear
rates, as demonstrated in Figure 2b. Due to the introduction of EG, the specific wear rate
of PBT-TC-EG slightly decreases under the load conditions studied. In comparison with
PBT-TC, the mean specific wear rate of PBT-TC-EG declines to 6.6% at 1 MPa and 0.5 m/s,
3.7% at 1 MPa and 1 m/s, 12.7% at 2 MPa and 1 m/s, 14.3% at 3 MPa and 1.5 m/s, and 13.2%
at 4 MPa and 2 m/s, respectively. Although PBT-TC-EG behaves in higher real contact areas
under high load conditions, its EG-contained lubricative transfer film could effectively
reduce the wear of the material, contributing to a relatively lower wear. Considering the
tribological results, reasonable speculation for the lubricating mechanism of EG can be
summarized as follows: During the sliding process of PBT-TC-EG, EG was released from
the matrix, which was further mixed under mechanical force with the decomposed debris
and compressed on the counterbody to form lubricative transfer films. The enriched flexible
Si-O in EG is the smooth and soft segment that demonstrated a larger bond angle and bond
length than C-O and then possessed ultra-low surface energy and was easy to slide. As a
benefit of this, the lubricative transfer film containing EG can continuously mitigate the
severe friction of PBT-TC-EG materials. Even under a similar load condition, the addition
of siloxane can bestow comparable wear properties of PBT-TC-EG than the extraordinary
wear-resistant polyether ether ketone or polyimide tribocomposites [38].

3.3. Chemical Characterizations
3.3.1. Elemental Concentrations of Composite Pins

To further elucidate the lubrication mechanisms of EG, the chemical characteristics of
worn surfaces on the composite pins were analyzed by XPS survey spectra. The elemental
concentrations of the samples are shown in Figure 3. Predominant elements on the surface
are carbon and oxygen, as expected for polybutylene terephthalate (PBT), its carbon fiber,
or graphite admixtures, respectively. However, it should be noted that the dominance of
C and O is not a unique feature of the compound material. Practically all samples under
atmospheric conditions are covered by a thin but omnipresent hydrocarbon adsorbate film
(‘adventitious hydrocarbon’) [39].

Therefore, trace elements such as Si, Ti, Zn, Ca, and N found in much smaller propor-
tions are more interesting for clarifying the relevant mechanisms. The occurrence of Si, Ti,
and Zn is in accordance with known ingredients ZnS, TiO2, and SiO2 of the composites.
Other detected elements, like Ca and N, are included in widespread fillers of plastic mate-
rial. So, the remaining most significant difference between fresh PBT-TC and PBT-TC-EG
pins is a higher silicon concentration of PBT-TC-EG.
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Figure 3. Elemental concentrations (at%) on unloaded and loaded composite pins after a tribological
load of pv-collective 1 MPa and 0.5 m/s.

After tribological load, the detected carbon concentration decreases, and oxygen
increases on the worn surface of the pin. This observation is consistent with various
expected effects like enhanced oxidation processes, surface enlargement due to roughening
and scoring, or removal of the adventitious hydrocarbon layer, covering the PBT bulk
material with higher oxygen content. This also explains the increased concentrations of Si,
Zn, and Ti at the worn surfaces of the pin and suggests their availability on the surface, with
possible consequences for the tribological behavior. Additionally, transfer material from
the ring counter body is detected on the worn composite pin, as evidenced by iron, and
iron oxide, which is particularly significant with PBT-TC-EG. During the sliding friction
process between the fiber-reinforced polymeric materials with metallic counterbody, direct
contact between the end of the fiber and the metal ring engenders high flash temperature,
which brings about the tribo-oxidation of the metal on the counterbody surface and leads
to the formation of metal oxides on the counterface [40]. Via continuous mechanical mixing,
the metal oxides can be peeled by the nanosilica and released in the interface [41]. These
dissociated metal oxides could be pressed under force and embedded in the polymer matrix
on the worn surfaces. As proved above, the PBT-TC-EG material possesses less modulus,
indicating that it is easy to be embedded by the metal oxide, which leads to a higher iron
concentration on the pin-worn surface.

But particularly striking is the significant increase in a detected silicon concentration
on the friction surface for both cases (PBT-TC and PBT-TC-EG). At the same time, it is
probably caused by SiO2 in the case of PBT-TC. However, the silicon concentration on the
worn surfaces of PBT-TC-EG is much more pronounced than that of PBT-TC materials. This
implies the successful release of siloxane into the counterface, which may be a first hint for
the availability of free, tribologically effective siloxane operated as a lubricant.

3.3.2. Elemental Concentrations of the Ring Samples

Figure 4 shows the elemental concentrations at the surface of the test rings, outside
and inside the zone of tribological load. Dominant elements are carbon and oxygen, in
accordance with the assumption of transfer material from the composite pins, although
typical for the presence of an adventitious hydrocarbon adsorbate film, as discussed in the
case of the pins.

Looking at the other elements, an almost identical element repertoire is observable
like Si, F, Ca, N, Ti, Zn, and S, like in the case of the composite pins, which supports the
assumption of pin transfer material. Remarkable is the detection of these elements even
outside the friction track. It shows that transfer material and wear particles are not only
deposited inside the zone of tribological load but also widespread in the direct surrounding.
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Figure 4. Elemental concentrations (at%) of rings outside (no load) and inside a zone of tribological
load at a pv-collective of 1 MPa and 0.5 m/s.

A counterintuitive development is observed for silicon since the silicon concentration
on the steel sample, in contrast to the composite sample, appears to decrease because
of tribological load. Even significantly less silicon, as well as more iron, is detected on
PBT-TC-EG wear tracks than on PBT-TC. A possible explanation for this is that siloxane is
consumed during the process. At the composite pin, due to tribological load, continuously
fresh siloxane is uncovered; at the ring, siloxane is consumed and has to be resupplied.

The assumption of siloxane consumption, even at this rather modest load (1 MPa and
0.5 m/s), may be supported by the observation that in the case of PBT-TC-EG, more iron
is exposed, which is detectable by XPS. On the other hand, even in low load scenarios
(1 MPa:0.5 m/s), it seems to be apparent that adding EG results in a softening and thus
larger true contact area. This effect was already observed at high load conditions and
resulted in a slightly higher friction coefficient.

When considering the total Si concentration of the corresponding composite pins, it
can be noted that the available Si concentration PBT-TC-EG is much higher than that of
PBT-TC (Cf. Figures 3 and 4), which correlates with the better tribological performance of
PBT-TC-EG.

3.3.3. Chemical Binding Situation at Pins and Rings in Comparison

The C1s detail spectra in Figure 5 and resulting concentrations in Figure 6, resolving
the chemical bond situation, show on pins and rings typical bonds for carbon, bound
in aliphatic and aromatic hydrocarbons, without and with one, respectively, two oxygen
atoms as the nearest neighbor of the carbon. These findings are in accordance with the
presence of polybutylene terephthalate on both types of samples, but as discussed earlier,
also for the presence of an adventitious hydrocarbon adsorption film. Interestingly, the
proportion of hydrocarbon on the rings shows even higher oxygen participation than on
the pin material. It identified the interpretation that the transferred polymer matrix passes
through the decomposition/oxidation process via abrasion during sliding friction.

The O1s detail spectra (Figure 5) suffer from a superposition of electron binding
energies. Unfortunately, oxygen* in the ester group of PBT (-C-(C=O*)-O-), as well as
silicon dioxide (SiO2) and siloxanes (-O-Si-O-), show partial peaks at nearly the same
electron binding energy of about EB = 532.3 eV and cannot be distinguished in O1s details.

The Si2p detail spectra (Figure 5) also provide little help in distinguishing between
SiO2 filling material and siloxane lubricant (-O-Si-O-) since both silicon atoms have two
oxygen atoms as direct binding partners, resulting in a nearly identical electron binding
energy EB = 103.5 eV. A second contribution at EB = 102 eV is in accordance with silicon
bound as hexamethyl siloxane Si(CH3)3-O-Si(CH3)3 or silanol -Si(OH)-, compounds with
only one oxygen atom as the binding partner. In view of the higher silanol -Si(OH)-
concentration of the pins for PBT-TC-EG (1:0.5 PBT-TC-EG) than that of the pins for PBT-TC
(1:0.5 PBT-TC), it can be interpreted the silanol -Si(OH)- is the main effective segments
of siloxane. In this case, the higher silanol -Si(OH)- concentration on the ring of 1:0.5
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PBT-TC-EG verified the effective release of siloxane from the matrix to the counterface
during sliding friction.

(a) Spectra of pins. 

 
(b) Spectra of rings. 

Figure 5. Detailed spectra (at%) of (a) pins at fresh and rubbed-off areas, respectively, and (b) rings
inside a zone of tribological load (1:0.5) at a pv-collective of 1 MPa and 0.5 m/s.
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C1s Pins C1s Rings 

  

O1s Pins O1s Rings 

 
 

Si2p Pins Si2p Rings 

  

Figure 6. Carbon, oxygen, and silicon elemental concentrations (at%) of pins at fresh and rubbed-off
areas and rings, broken down by their bonding situation.
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4. Conclusions

The present study clarifies the impacts of EG on the mechanical and tribological
properties of a PBT-based polymeric composite. The lubricating effect of EG, along with
its potential mechanism, is further verified via XPS analysis. The introduction of EG
dramatically elevates the elongation at break with the sacrifice of Young’s modulus and
ultimate tensile strength, thereby evidencing the plasticizing effect of EG on the PBT matrix.
EG effectively improves the tribological properties of PBT-based materials, in particular
under low load conditions (pv-product ≤ 2 MPa·m/s). The addition of EG can cut back
21.4–30.6% of COF and 3.7–14.3% specific wear rate of the PBT-based composite studied.
The XPS findings indicate the dominant lubricating mechanism, which is the higher content
of silicon-contained materials at the contact interface, which leads to a better lubrication
of the mating pair. According to tribological/chemical investigations, the EG lubricating
mechanism has been revealed. During the sliding friction process, the EG was released
from the abrasion of the PBT-TC-EG matrix. With mechanical mixing and compressing, the
EG-contained transfer films were formed. The flexible Si-O bond enriched in EG conferred
the transfer film’s impressive lubricating properties, which continuously serve to improve
the tribological performance of PBT-TC-EG. The findings of this work can contribute to the
development of siloxane-based high-performance tribological materials.
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Abstract: The tangential adhesive contact (friction) between a rigid steel indenter and a soft elastomer
at shallow indentation depths, where the contact exists mainly due to adhesion, is investigated
experimentally. The dependencies of friction force, contact area, average tangential stresses, and the
coordinates of the front and back edges of the contact boundary on the indenter displacement are
studied. It is found that first a stick–slip mode of friction is established, which is then replaced by
another, more complex mode where the phase of a global slip of the elastomer on the indenter surface
is absent. In both regimes, the evolutions of friction force and contact area are analyzed in detail.

Keywords: quasi-static tangential and normal contact; indentation; adhesion; elastomer; friction;
contact area; experiment; tangential stresses

1. Introduction

Friction processes in the presence of adhesion play an important role in many techno-
logical processes. For example, due to the increasing use of electrical devices, MEMS (micro
electric mechanical systems) have become a key technology in mechanical- and electrical-
based domains. These systems are heavily influenced by adhesion, which causes “stiction”,
the unintentional adhesion of a compliant microstructure surface. In the transport sector,
adhesion and friction are a key component in road safety, as with the knowledge of the
contact characteristics between rubber and pavement interaction, braking processes can
be improved [1,2]. In the last decades, robots have been developed to help humans in
dangerous work, such as detection, monitoring, cleaning, searching, and rescuing. Addi-
tionally, they are used, among other things, in ships, pipelines, nuclear power plants, and
wind power generation. To increase the functional work area of robots, climbing robots
were developed for the first time in the 1960s by Nishi et al. [3,4]. For wall-climbing robots,
bio-inspired adhesive microstructures are of great interest, because these adhesive adsorp-
tion methods do not require an extra energy supply [4]. Based on the smooth, adhesive
pads of cockroaches or patches of microscopic hairs of beetles and Tokay geckos, new
adhesives are being developed for wall-climbing robots. In a gecko’s foot, there are up
to five hundred thousand keratinous hairs or setae that each terminates in hundreds of
spatula-shaped structures. Measurements of the adhesive force support the theory that the
setae are operated by van der Waals forces [5]. For optimal functionality of the robots, not
only the process of adhering to the surface is important; the detachment of the contacting
parts is also as essential for locomotion of the robot as it is in biological organisms [6]. To
break the strong adhesive forces of the entire adhesive pad of the connecting feet, much
energy is needed. Therefore, a minimization of force expenditure during the detachment
phase for reduced energy consumption is important. A shear component is present when
the robot feet are moving along the wall. This provides a preload to the surface of the
attaching feet. A similar shearing motion has been observed in the attachment mechanism
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of a single gecko seta. During the attachment phase, toe uncurling, and during the de-
tachment phase, toe peeling can be observed in geckos, which increase the effectiveness of
setae. It has been observed that setal forces are dependent on three-dimensional orientation
and preloading during the initial contact. Experiments have shown that perpendicular
preloading, by pushing the seta towards the surface, alone is not sufficient to form an
effective setal attachment when the seta is pulled away from the surface. The experiment
demonstrated that in addition to the initial push into the surface, a parallel pull of the seta
along the surface increases the pull-away forces over ten times compared to systems where
the setal was only perpendicularly preloaded [5]. For energetic advantages, a peeling-like
detachment mechanism has been applied in some robot designs with climbing abilities [7].
To improve those systems, a deeper understanding of the behavior of friction and adhesion
under normal and tangential loads is needed.

Many studies have been conducted on the strength of the contact when only a normal
force is applied to separate the contacting bodies [8–10]. This study concentrates on the
contacts where a tangential force is applied. The contact strength and, associated with that,
the breakaway forces are of interest. The interaction between friction and adhesion is to be
investigated due to the fact that adhesion is a partial reason for friction, but, at the same
time, it decreases under a friction force [11]. In the present work, it is being determined in
relation to the friction mode in which the system is operating.

The extension of the JKR theory (Johnson–Kendall–Roberts) to tangential forces was
already made by Savkoor and Briggs in 1977 [12]. It has been observed that the contact area
shrinks when tangential forces are present in adhesive contacts. Like in the experiments
conducted in this study, the normal load is held near zero, and due to adhesion, a finite
contact area can be observed. When a tangential load is applied, the surfaces can peel
apart so that elastic energy is released at the expense of creating surface energy. However,
after the release of shear stress, the surfaces can re-adhere without altering the potential
energy of the tangential load [12]. With increasing tangential forces, the contact area
decreases through peeling and transitions from a circular shape into an elliptical shape due
to decreasing adhesive interaction [13]. After reaching a critical value of tangential load, the
indenter can no longer stick to the surface and the contact either breaks or sliding occurs,
depending on the normal load. The transition can occur smoothly [14,15] or via mechanical
instability [16]. The abrupt decrease in the contact area at the transition towards gross
sliding can only be observed at low, normal loads. This results from the fact that at higher
loads and therefore bigger contact areas the contact can sustain larger tangential stress
before sliding starts. The larger tangential load results in a more significant deformation of
the contact and therefore a reduction in adhesion [11]. From experiments with dry sliding,
it has been discovered that the tangential pull-off force is proportional to the contact area,
which leads to constant frictional stress and independence on normal forces. Therefore, for
low, normal forces where adhesion dominates, the critical tangential force for detachment
can be described by Tc = τ0A, where τ0 is the critical shear stress at pull-off and A is the
contact area at the peak tangential force [17].

To understand the processes in adhesive contacts, a large number of both theoretical
and experimental investigations are being carried out. However, many scientific groups
who have studied the dependence of the contact area on the tangential force, where the
indenter is displaced at constant velocity, have either only observed the dependence right
after normal loading and not over a long period of time (or, to be more precise, not over
many periods of increasing and decreasing tangential force) [18] or the dependence until
gross slipping was observed [14,15]. Therefore, it is unknown if there will be a transition to
a different friction mode when sliding for a long time.

The aim of this work is to study the transition of friction modes in the case of a rigid
sphere being displaced with a constant velocity at shallow indentation depths over a soft
elastomer layer with which the sphere is in adhesive contact.
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2. Materials and Methods

The experimental setup described in detail in our previous paper [19] was used for
the experiments presented in this work, so we will not go into detail on its design here.
In each experiment, a spherical indenter made of steel was first indented to a depth of
dmax = 0.2 mm into a soft gel sheet (thermoplastic polystyrene-type gel sheet, CRG N3005,
TANAC Co. Ltd., Gifu, Japan [20]) with thickness h = 5 mm and linear dimensions
100 mm × 100 mm. Because the material being used possesses elastomeric properties
(non-compressibility [21], low modulus of elasticity, and ability to withstand large elastic
deformations), we will further refer to it as elastomer. After the end of the indentation
phase, the indenter was pulled out of the elastomer to the zero-level d = 0 mm, and then
tangential shear was performed at a fixed zero indentation depth d. However, it should
be noted that we used precision linear stages PI M-403.2DG, which allow us to fix the
indenter position with an accuracy of up to 1 μm. But, when changing the direction of
motion, these devices have backlash, which, in our case, was about 6 μm (see [19] for a
detailed explanation). Because in the experiment the indenter was first indented to a depth
of d = 0.2 mm, which is multiple times greater than the backlash value, and then pulled out
of the elastomer, there was only a single change in the direction of its motion. Therefore,
the indentation depth d, at which the tangential shift of the indenter was realized, is not
d = 0 mm (which corresponded to the instrument readings), but d ≈ 6 μm, because the
indenter in the pulling phase moves a distance shorter by the amount of backlash compared
to the indentation phase. When using the more precise PI L-511.24AD00 linear stages,
we discovered that in the case of exactly zero indentation depth d = 0 mm, the adhesive
contact disappears completely during tangential shear. Therefore, the experimental results
discussed below should be interpreted as corresponding to a shear indenter with a small,
but non-zero indentation depth d. At this depth d, the contact exists mainly due to adhesion.
It is worth noting that the experimental setup allows experiments to be conducted with
a fixed indentation depth of indentation d, regardless of the value of the normal force,
because a displacement-controlled mode (fixed grips) is used. Specifically, the indenter is
displaced using actuators to which it is rigidly connected. Thus, in the experiment, force is
not directly applied to the indenter; instead, its displacement is controlled, and all three
components of the contact force are measured using a three-axis force sensor, as shown in
Figure 1 by position (4).

 

Figure 1. Real photo of the contact area between the spherical steel indenter (1) and the elastomer
(2) illuminated by a surrounding LED (3). Contact forces are measured with the force sensor (4).

Figure 1 shows a real photograph of the contact area in ongoing experiments, where
elements of the experimental setup are partially depicted.
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Here, a spherical steel indenter (1) is pressed into a sheet of soft elastomer (2), which is
placed on a silicate glass plate to which it is firmly attached by its own adhesion, without the
use of glue or any additional fixing mechanisms. The contact area is uniformly illuminated
using comprehensive LED lighting (3), and contact forces are measured using the ME
K3D40 three-axis force sensor (4). The contact is observed from below the system using
a digital camera through the aperture visible in the figure. Because the contact in the
experiments has a relatively small size, a 5 MP physical resolution camera–microscope
(model TOOLCRAFT TO-5139594, Conrad Electronic SE, Hirschau, Germany) was used to
observe it.

To ensure quasi-static contact propagation conditions, the indenter velocity in the
experiment, both when indenting in the normal direction and in tangential shear, was
v = 1 μm/s. Because the optically transparent elastomer TANAC CRG N3005 [20] was
used in the experiments, direct observation of the contact was possible. In order to clearly
observe the contact area, the indenter surface was treated with P800 grit sandpaper prior
to each experiment series to provide diffuse light scattering from the LED side-lighting
system. After the treatment with sandpaper, the indenter surface was cleaned with alcohol
and then quickly dried with a jet of compressed air before the experiment was carried
out. In our previous work [21], the values of the elastic modulus of the elastomer used in
this study E ≈ 0.324 MPa and Poisson’s ratio ν ≈ 0.48 were determined by generalizing a
large amount of experimental data. Because the indenter was made of steel, with an elastic
modulus of E ≈ 2 × 105 MPa, the indenter can be considered absolutely rigid, i.e., only the
elastomer sheet could be deformed in the experiment.

In much earlier work by other authors [22], the experiments were conducted with a
similar material, TANAC CRG N0505, but for a different contact geometry. Specifically,
the study focused on sliding along the glass of an externally non-loaded elastomer sheet
at various drawing velocities. However, the material CRG N0505 has a lower elasticity
modulus, which means it can be deformed even more significantly under tangential shear,
leading to more complex dynamic nonlinear effects; contact restructuring in the case of CRG
N0505 is more complex than for stiffer CRG N3005 used in the present study. Our recent
study [23] provides a comparison of the behavior of these two materials (the difference
is particularly noticeable in supplementary videos attached to the article). Primarily, in
our experiments, we prefer to use the stiffer material, CRG N3005. Stiffer gels contain less
filler in the matrix (which can flow inside the material during deformation) and therefore
exhibit properties closer to those of elastic solids, such as stable values of elasticity modulus
and Poisson’s ratio [21]. It should be noted that gels with similar properties are produced
by other companies as well. For instance, in the experimental work [24], an optically
transparent material “Super Gel” (Kihara Sangyo Co., Ltd., Osaka, Japan) is used.

3. Results

3.1. Transition between Friction Modes in Adhesive Contact as a Result of Degradation of Adhesive
Properties of Contacting Surfaces

Figure 2 shows the experimentally measured dependencies of the friction force Fx on
the value of tangential displacement x of the indenter, where the results of three consecutive
experiments are depicted in different panels. In each experiment, the indenter was first
immersed to a depth of dmax = 0.2 mm then pulled to a zero level of d = 0.0 mm, followed
by tangential displacement. Moreover, the initial indentation to a depth of dmax in all
experiments was carried out at the same location of the elastomer to ensure the same
experimental conditions. Figure 2 shows the dependence plots corresponding to tangential
shear without indentation and detachment phases in the normal direction, where the
indenter was not horizontally displaced (i.e., x = 0 mm). In the first experiment (upper
panel), after the motion starts, the tangential force first increases to some maximum and
then decreases. This maximum is associated with additional strengthening of the contact
during normal indentation when tangential shift did not occur; a similar situation was
observed in [22] for another geometry of the experiment and much bigger sliding velocities.
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At further shear, as it follows from the figure, a stationary mode of stick–slip friction
mode is established, which we denote as “mode 1”. In this stick–slip mode, once the
friction force reaches its maximum value, it decreases sharply, which can only be due to
gross slip, i.e., “mode 1” is a stick–slip mode in the classical sense. Such a mode can be
theoretically described within the framework of models existing in the literature, such
as, for example, [25]. However, in the present work, we limited ourselves to a detailed
description of the experiment.

Figure 2. Dependencies of the friction force Fx on the tangential displacement x of the indenter in
three consecutive experiments (panels from top to bottom) for an indenter with a radius R = 30 mm.
A supplementary video (Video S1) is available for the figure.

In order to realize the stick–slip motion, it is necessary for the system to be able to
store elastic energy that is released during the slip phase. The stick–slip mode is often
studied using examples of systems in which one of the rubbing surfaces is displaced by a
spring, the free end of which moves at a constant velocity [26,27]. In this case, the elastic
energy is stored in the spring, and as soon as the contact stresses exceed a critical value, the
rapid slip phase takes place. In the slip phase, the spring tension decreases, and in order for
the tension to reach the critical value again, time is required during which the contacting
surfaces come to rest. As a result, a stick–slip friction mode is established, in which periods
surfaces stopping alternate with periods of rapid slipping. Any elastic body with a stiffness
much smaller than the tangential contact stiffness, such as a cantilever in AFM (atomic
force microscopy) experiments, in which the stick–slip mode is also observed, can act as
a spring [28]. In the experiment, the results of which are shown in Figure 2, the indenter
(upper rubbing surface) is rigidly connected to the driving actuator and is displaced at a
constant velocity. In this case, the elastic energy is accumulated by deforming a part of
the rubber layer in the contact area, because the rubber surface in the stick phase moves
together with the indenter. When the shear stresses exceed the critical stresses, the rubber
slips over the indenter with the release of elastic energy and the friction force decreases
dramatically (“mode 1” in Figure 2). Therefore, in the described experiment, there is no
rapid movement of the whole rubber sheet (lower rubbing surface) or the indenter (upper
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rubbing surface); the indenter always moves at a constant velocity, and the rubber rests on
a rigidly fixed glass substrate.

It is worth noting that in the experiment, the indenter is shifted at a very low velocity
v = 1 μm/s to ensure quasi-static contact conditions. During the “stick” phase, the contact
can be considered quasi-static because the elastomer surface moves together with the
indenter. However, during the “slip” phase, the elastomer slips over the indenter surface
at a much higher velocity, exceeding the value at which the contact can be considered
quasi-static. Therefore, to describe the observed contact processes, even with the indenter
moving at very low velocities, it is necessary to take into account viscoelastic effects, which
significantly complicates the theoretical description of the problem [29,30]. There are
also studies that investigate the influence of velocity on contact properties, such as, for
instance, [22,24].

The top panel in Figure 2 shows that over time, the stick–slip mode, denoted as
“mode 1”, is replaced by another mode, labeled “mode 3”. In “mode 3”, there is no phase
of global slippage of the rubber on the indenter surface because of the absence of a sharp
decrease in the friction force. Note that the form of friction force–displacement dependence
in “mode 3” is typical for adhesive contacts at shallow indentation depths, and such
dependencies were observed by us in previous works, such as, for example, [31,32]. Such
a “mode 3” was thoroughly analyzed in our latest work [33] in which extensive analysis
was conducted based on existing theories of tangential adhesive contact. In [33], it was
shown that such a mode consists of alternating phases, such as attachment, stick, peeling,
and sliding, which periodically repeat.

The different panels in Figure 2 show the results of three consecutive experiments,
where only “mode 3” was observed in the second and third experiment. In order to
eliminate the influence of individual elastomer surface characteristics, the indenter motion
started at the same location on the rubber substrate in each experiment. From a comparison
of all of the curves in Figure 2, an interesting feature emerges. On the dependencies Fx(x),
which correspond to “mode 3”, after the friction force reaches its maximum value, its
rapid decrease is observed for some time (section AB), although it is not instantaneous as
in the stick–slip mode (also known as “mode 1”). After a rapid decrease in the friction
force, it continues to decrease, although now much more slowly (section BC). When the
friction force becomes minimal (point C), it starts to increase to its maximum value again.
The above-mentioned peculiarity consists in the fact that as time passes, the section AB,
where the friction force rapidly decreases after reaching the maximum value, becomes
shorter, whereas the section BC, on the contrary, becomes longer. As a result, the period
of transitions between maxima and minima of the friction force, observed in the Fx(x)
dependencies, increases.

It has already been mentioned above that in the first experiment (upper panel in
Figure 2), after the start of indenter shear, the frictional force reaches some maximum value,
which is significantly higher than the maximal force during further indenter shear. This
maximum of Fx during the transition from static to kinetic friction is due to the fact that the
initial contact is stronger than the contact after the first act of slip in the kinetic regime [34].
However, no such high peaks are observed in the next two experiments (middle and bottom
panels in Figure 2), i.e., the contact before shear has the same strength as in the steady
kinetic regime. This fact suggests that the adhesive strength of the contact decreases with
time. The decrease in the shear strength of the contact was observed by us in previous
works and was expressed as a decrease in the steady-state value of the friction force and
shear stresses in the sliding mode [32]. The adhesive strength of the contact depends on the
surface energy of the contacting bodies, which determines the specific work of adhesion Δγ.
It has been repeatedly shown that freshly cleaned surfaces have the highest value of Δγ,
which decreases with time due to the oxidation of friction surfaces, their contamination, etc.
We attribute the transition between “mode 1” and “mode 3”, observed in the upper panel
of Figure 2, to the decrease in the specific work of adhesion Δγ due to the contamination
of the indenter surface during friction. Thus, large values of Δγ should correspond to
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“mode 1”. It should be noted that if the indenter is left exposed to air for some time before
the experiment (for example, for one day), then “mode 3” will be observed immediately
in the experiment. This is because the adhesive properties of the freshly treated surface
of the indenter degrade rapidly, particularly due to surface oxidation. This is one of the
reasons why we did not observe such a transition between modes earlier, as we did not
conduct experiments immediately after cleaning the indenter. However, in any case, during
interaction with the elastomer surface in the experiment, the adhesive properties of the
indenter surface degrade much faster than when it is passively exposed to the air.

The assumption that the transition between “mode 1” and “mode 3” is caused by a de-
crease in the specific work of adhesion Δγ is also supported by the results shown in Figure 3.
This figure shows the dependencies of the normal force FN on the indentation depth d
in the indenter pulling phase after the initial indentation to a depth of dmax = 0.2 mm (in
the figure, the dependencies do not reach the value of 0.2 mm because of the range of
instrument backlash, which is described in Section 2 of the article). Figure 3a shows three
curves corresponding to three consecutive experiments, the results of which are shown
in Figure 2. All of the dependencies in Figure 3a correspond to the indenter pulling back
to the zero level, and, after reaching that level, the indenter already starts to shift in the
tangential direction.

 

Figure 3. Dependencies of the normal force FN on the indentation depth d corresponding to the
pulling phase of the steel indenters from the CRG N3005 elastomer: (a) the results of three experiments
with an indenter with a radius R = 30 mm are shown; (b) the results of two experiments with an
indenter with a radius R = 40 mm are shown.

Figure 3 shows that the highest absolute value of the adhesion force FN < 0 N is realized
in the first experiment, while the following two experiments show similar adhesion forces.
But, according to Figure 2, only in the first experiment the transition between friction modes
takes place, while in the second and in the third experiments, only “mode 3” is realized.
The data shown in Figure 3b show the dependencies of normal forces on indentation depth
for two consecutive experiments, which are similar to those discussed above, only with an
indenter with a radius R = 40 mm. Figure 3b also shows a decrease in the adhesive force in
the second experiment compared to the first one. Thus, the data shown in Figures 2 and 3
complement each other and speak in favor of the fact that the change in friction modes is
caused by contamination of the indenter surface, which occurs due to its interaction with
the elastomer during the contact.

Figure 4 shows the dependence of the contact area A on the indenter shear x, which
complements the experimental data shown in Figure 2. In order to show the initial decrease
in area from a much larger value of A ~ 7 mm2 along with the periodic stationary regime,
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in which A ~ 1 mm2, the ordinate axis is presented on a logarithmic scale. Figure 4 shows
that in stick–slip mode (“mode 1”), the contact area A varies within a small range, while
in “mode 3” the area varies much more. Our previous work [31,32] studied in detail the
nature of contact propagation in the stationary regime, which resembles “mode 3”, but in
the mentioned work, the case of an indentation depth d significantly different from zero
was considered. Here (Figures 2 and 4), we study the situation when the indentation depth
d is close to zero and the contact exists mainly due to adhesion. Therefore, this case requires
additional analysis, which is carried out in the next section of the paper.

Figure 4. Dependencies of the contact area A on the indenter coordinate x corresponding to three
consecutive experiments, the data of which are shown in Figure 2, for an indenter with a radius
R = 30 mm. Supplementary videos (Videos S1–S3) are available for the figure.

3.2. Detailed Analysis of the Nature of Contact Propagation

Figure 5 shows the dependencies corresponding to the first experiment, the data of
which are presented in Figures 2 and 4. In Figure 5, the region of the dependencies in
which the transition between modes “mode 1” and “mode 3” takes place is depicted in
detail. Additionally, Figure 5 shows the dependencies for the coordinates of the front
and back contact edges, as well as the average value of the tangential stresses τ = Fx/A.
Note that the difference between the “front side” and “back side” coordinate values in
Figure 5c at each fixed indenter coordinate x is the contact width measured in the direction
of indenter motion. In the case of a circular contact, the width thus measured will coincide
with its diameter.

Let us first consider the stick–slip mode (“mode 1”), which exists up to the vertical
dashed line shown in Figure 5. In all dependencies in Figure 5, the numbers from one
to seven show characteristic points corresponding to moments for which pictures of the
contact area are shown in the top row in Figure 6. The bottom row in Figure 6 shows the
same photos as in the top row, but the colors indicate differences between adjacent contact
areas. Blue shows areas that have come out of contact and red shows areas that have come
back into contact. This, however, does not apply to the first picture “1” in the bottom row,
which is exactly the same as the corresponding image in the top panel.
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Figure 5. Dependencies on the tangential displacement of the indenter x: friction force Fx (a), contact
area A (b), coordinates of the front and back contact boundaries (c), and average value of tangential
stresses τ = Fx/A (d). All dependencies correspond to the first experiment, the results of which are
shown in Figures 2 and 4. A supplementary video (Video S1) is available for the figure.

 

Figure 6. Top row of figures: photographs of the contact areas corresponding to points (1–7) shown in
Figure 5. Bottom row: the same photographs as in the top row, but where colors show the differences
between adjacent contact areas; blue shows the area that has come out of contact and red shows the
area that has come into contact (except for the first figure “1”, which is the same as in the top panel).
For example, figure “2–1” shows the difference between the contact configurations “2” and “1” on
the top panel, figure “3–2” shows the difference between the contact areas in figures “3” and “2”, etc.
A supplementary video (Video S1) is available for the figure.
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Let us note one important point for understanding. In Figure 6, the contact configu-
rations and their changes are shown in the coordinate system that is associated with the
indenter, i.e., the indenter is assumed to be stationary. At the same time, the coordinate
dependencies of the back and front of the contact boundary, which are shown in Figure 5c,
are shown in the coordinate system associated with the rubber substrate, i.e., here, the
elastomer into which the indentation is made is considered to be stationary. Therefore, for
example, in the case where the rear edge of the contact is moving at the same speed as the
indenter, Figure 6 will show no change in the rear edge, and Figure 5c will show a linear
increase in the “back side” coordinate.

Let us now analyze the contact realignment process based on the figures presented
above. Point 1 in Figure 5 is selected just before the next contact propagation. This point
corresponds to the friction force Fx close to the maximum, as well as the maximum contact
stresses τ. At the neighboring point 2, there is a jump in the contact area when the region
at the front edge, shown in red in panel “2–1” in Figure 6, is joined. In addition to the
discontinuous joining of a new contact area, there is a global slip of the rubber over the
indenter surface in the entire contact area as the friction force decreases discontinuously, as
demonstrated by trajectory 1–2 in the Fx(x) dependence. As the contact slips and recovers,
its size becomes slightly smaller on the back edge, as can be seen in panel “2–1” in Figure 6.
The reason for this reduction is that part of the contact at the back edge, prior to slippage,
existed due to normal adhesion, and it takes time to restore it. At global slip 1–2, the elastic
energy stored in the deformed rubber layer sample is released, and for the next slip cycle
(points 6–7), the rubber layer must deform again to the critical state to which the maximum
values of friction force Fx and tangential stresses τ correspond. Note that the force Fx before
global slippage always takes locally maximal values. The reason that the friction force at
point 1 is not maximal is due to the fact that the contact characteristics (contact forces and
photos of the contact area) are saved in the experiment with a small frequency of once per
second, and the next preservation at point 1 occurred after the beginning of global slippage.
After the act of slippage, the friction force and shear stresses increase monotonically (path
2–3–4–5–6). However, the contact area on this site behaves non-monotonically, which was
observed earlier in [32]. The friction force in the stationary sliding mode is defined by
the expression

Fx = τ0A, (1)

where τ0 is the critical stress at which sliding is realized. According to (1), as the area
A increases, the tangential force Fx also increases. However, this is only true for those
systems in which the stresses τ0 takes on constant values over the entire contact region.
And, here we have a case with a complex inhomogeneous stress distribution. For example,
in the photo “2–1” in Figure 6, the shear stresses in the “fresh” contact region at the front
edge (shown in red) have close to zero values because it is a newly formed region after
global slippage and has not yet been loaded by the tangential motion of the indenter. In
the rest of the contact region, non-zero stresses τ are realized, and they are the ones that
provide the non-zero force Fx. However, the stresses τ for this configuration (point 2) are
significantly lower than the maximum value of τ0, because global slip across the contact
region (path 1–2) and the release of elastic energy have just occurred.

In addition to the above, it should also be taken into account that in a tangential
contact, the maximum stresses are realized at its boundary [35]. Because contact failure
begins when the stress reaches its maximum value, as the tangential force increases, contact
failure will begin at the edge of the contact, as seen, for example, in panel “5–4” in Figure 6,
which demonstrates the partial detachment of the rubber from the indenter at the front
edge of the contact. The next panel of the figure “6–5” shows a significant reduction of
the contact area due to its failure at the front edge, which corresponds to the moment of
onset of global slippage at which the frictional force Fx and the average tangential stresses
τ take their maximum values. During further slipping, the tangential stresses decrease
across the entire contact area, with immediate contact regaining at its front edge when
the tangentially unloaded area is joined (red area in panel “7–6” in Figure 6). The contact
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configuration in panel 7 in Figure 6 is similar to panel 2, as they correspond to the moments
immediately after slip and the minimums of the force Fx. The described process is repeated
periodically in time and corresponds to a stationary stick–slip motion in which, however,
the minimum and maximum values of the tangential force Fx and the contact area A vary
in some range. Such variations occur due to the fact that compared to the quasi-static shear
of the indenter with a very small velocity, the process of global slippage of the rubber on
the indenter surface is almost instantaneous. Therefore, an essential role here is played
by the individual characteristics of the contact before the slip phase, which are always
different in a real experiment (specific contact configuration, stress distribution, surface
energy distribution of the contacting surfaces, presence of inhomogeneities, etc.).

Let us note one interesting detail that is visualized in panel “3–2” in Figure 6. Panel 2
of the figure is the contact configuration immediately after global slippage, and panel 3 is
the next contact configuration that corresponds to the section of monotonic force buildup.
What is common in panels 2 and 3 is that here the stresses τ are still far from the critical
value at which slip is realized. The characteristic mentioned above is that the contact area
on panel 3 is slightly larger than on panel 2. The newly acquired contact areas are shown in
red in the “3–2” panel, indicating homogeneous contact propagation on all sides. It has
been shown many times before that the contact area can only decrease with tangential shear
(see, e.g., [36,37]). The reduction of the area in the tangential contact is caused by tangential
stresses, which, however, are quite small immediately after slip. Therefore, the increase in
contact area shown in panel “3–2” is due to contact propagation in the normal direction
(normal adhesion). This spreading of the contact due to normal adhesion, however, leads
to only a small increase in the contact area, so that already in panel 4 of Figure 6 the contact
area is almost unchanged compared to panel 3 (see comparison panel “4–3”). The described
contact rearrangement process is periodic in time and corresponds to a stable stick–slip
mode, which we have labeled as “mode 1”.

According to Figure 5, when the indenter is shifted further, the system switches from
“mode 1” to “mode 3” and then continuously remains in “mode 3” (see also Figures 2 and 4).
The characteristic points in “mode 3” are shown in the panels in Figure 5 with the letters
a–h, and Figure 7 shows the corresponding contact configurations. The essential difference
between “mode 3” and stick–slip “mode 1” is that in “mode 3” there is no global slipping
of the rubber on the indenter surface and, therefore, the Fx(x) dependence does not show
areas with a sudden decrease in the friction force. Point (a) in Figure 5 corresponds to
the minimal contact area A and the tangential force Fx. At this point, the maximum shear
stresses τ are realized over the entire contact area, which correspond to the value τ0 at
which sliding is realized. Neighboring point (b) corresponds to the attachment of a large
section of rubber at the front of the contact, which is shown in red in Figure 7, “b–a”. This
fresh contact section is not tangentially loaded immediately after attachment because the
friction force Fx at points (a) and (b) takes on the same values (see Figure 5). Because the
contact area A increases drastically at point (b), formally, the average tangential stresses
τ decrease, as demonstrated by Figure 5d. In the section a–b–c–d–e, the friction force Fx
increases monotonically, while the contact area A is non-monotonic. The reasons for this
behavior have already been discussed above when describing “mode 1” and are due to the
inhomogeneous distribution of tangential stresses in the contact zone.

The a–b–c–d–e section in “mode 3” has qualitatively similar features to the 2–3–4–5–6
section in “mode 1”, which is also evidenced by the bottom rows of the photographs in
Figures 6 and 7. Namely, in both cases, there is first a sharp increase in the contact area at
the front edge, and then the contact area expands on all sides due to normal adhesion; after
that, the contact area starts to decrease due to the rubber detaching from the indenter at
the front edge. The corresponding dependencies of Fx(x) and A(x) in both modes are also
visually similar. The main difference between the modes is observed at further indenter
displacement. In “mode 1”, after point 6 (maximum friction force), a global slip is observed
with a sudden decrease in the friction force to a minimum value. However, in “mode 3”,
after the force Fx reaches a maximum at point (e), it begins to decrease smoothly, because
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in “mode 3” the decrease in Fx is not due to abrupt global slip but due to the continued
detachment of the rubber at the front edge of the contact.

 

Figure 7. Top row of figures: photographs of the contact areas corresponding to points (a–h) shown in
Figure 5. Bottom row: the same photographs as in the top row, but where colors show the differences
between the contact areas, where blue shows the area that came out of contact and red shows the
area that came into contact (except for the first panel “a”, which coincides with the corresponding
image in the top panel). For example, figure “b–a” shows the difference between figures “b” and “a”
on the top panel, figure “c–b” shows the difference between the contact areas in figures “c” and “b”,
etc. A supplementary video (Video S1) is available for the figure.

The maximum stress τ = τ0, at which the regime of homogeneous sliding of rubber
on the indenter is established, is reached at the point (f), where the friction force is less
than the maximum. Furthermore, in the sliding mode at section f–g–h, the stresses remain
constant and the contact area A decreases, which leads to a decrease in the frictional
force Fx (1). What is interesting here, however, is the nature of the contact area reduction.
According to the dependencies shown in Figure 5c, in “mode 3”, the back edge of the
contact always moves linearly at the same speed as the indenter. This suggests that there is
always a region of stationary slip in the contact region close to the back edge. Stationary
sliding with constant velocity is observed in the indenter region, which is shown by the
contact configurations with minimum areas A in panels (a) and (h) of Figure 7, and the
maximum stress value τ = τ0 is always realized in this contact region. The dependencies
shown in Figure 5c indicate that in the f–g–h section, the elastomer-related coordinate
of the front edge remains almost constant. Thus, here, the back-contact boundary shifts
with the speed of the indenter while the front boundary stands still as the contact area
decreases. In the coordinate system associated with the indenter, this situation corresponds
to contact failure at its front edge, as can be seen in panels f–g–h in Figure 7 (see also
the comparative photographs of the corresponding contact regions in the bottom row of
Figure 7). After point (h), further contact propagation occurs, and the process described
above is repeated again.

We note another difference between the friction regimes discussed in this paper. As
mentioned above, the dependencies shown in Figure 5c demonstrate that in “mode 3” the
back edge of the contact always moves at a constant velocity, which is the same as the
shear rate of the indenter. This is due to the presence of a stationary slip zone at the back
edge of the contact. However, in stick–slip “mode 1”, the contact line configuration on
the back edge undergoes a change, as can be seen in Figure 5c. The shape of the contact
boundary changes during the next global slip of the rubber over the indenter surface,
i.e., in the slip phase of the stick–slip mode. Next, in the stick phase, the back-contact
boundary moves at the speed of the indenter but realigns again with another rubber slip.
The process of rebuilding the contact can be clearly seen in the attached supplementary
videos (Videos S1–S7).
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3.3. Transition Mode between Regimes with “High” and “Low” Specific Work of Adhesion

Figure 5 shows the transition between “mode 1” and “mode 3” discussed in this
paper. However, in the experiments, we also found a transient regime between these
two stationary friction regimes. We labeled this mode as “mode 2” and observed it in the
experiment with an indenter of a larger radius R = 40 mm. Figure 8 shows the successive
transitions between all three modes. Here, the transient mode “mode 2” is something
between “mode 1” and “mode 3”, because in “mode 2” the system continuously transitions
between the stick–slip (“mode 1”) and “mode 3”, in which there is no sudden reduction
in tangential force due to global slippage of the rubber over the indenter surface. Note
that here in “mode 1”, the transition to “mode 3” also takes place once in the dependency
region, the vicinity of which is shown by point A. However, in general, “mode 1” remains
stable up to the first vertical line, where it is replaced by “mode 2”, which in turn changes
to the stable “mode 3” after the second vertical line.

Figure 8. (Top panel) Dependence of friction force Fx on the indenter tangential displacement
x, corresponding to the experiment with an indenter with a radius R = 40 mm; (Bottom panel)
Corresponding dependence of the contact area A on the displacement x. A supplementary video
(Video S4) is available for the figure.

The main difference observed between “mode 1” and “mode 3” is that in “mode 1”
there are areas of abrupt reduction of friction force, while in “mode 3” there are no such
areas. Therefore, the frequency of transitions between minimum and maximum values of
tangential force in “mode 1” is much higher than the frequency of corresponding transitions
in “mode 3”. It follows that the value of the transition frequency can be used as a parameter
that will determine in which mode the system is currently operating.

One particular observation worth noting is depicted in Figure 8. Here, we observe
a tendency for an increase in friction force and contact area with the displacement of the
indenter. This occurs because the elastomer surface in a real experiment is always inclined
at a slight angle to the path of the indenter, as it is not possible to perfectly orient them
in parallel. In this scenario, with the indenter shift, the indentation depth d increases due
to this inclination. In Figure 8, the effect of the inclination becomes visually noticeable
because the distance traveled by the indenter in this experiment is much greater than in the
experiments described above (see, for example, Figure 2).

Above, Figure 3b shows the dependencies of the normal force FN on the indentation
depth d in the phase of pulling the indenter out of the elastomer volume, where the lower
curve corresponds to the experiment, the data of which are shown in Figure 8. A second
experiment was performed immediately after this experiment, and the upper curve in
Figure 3b shows the normal force dependence in this experiment. From the comparison
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of the dependencies shown in Figure 3b, it follows that the adhesion force in the second
experiment was significantly lower. Dependencies of friction force Fx and contact area A
for the second experiment with indenter with a radius R = 40 mm are shown in Figure 9,
from which it follows that here the stable “mode 3” was realized. This fact confirms the
conclusions made above in the discussion of Figure 3a that the transition between “mode
1” and “mode 3” is caused by contamination of the indenter surface and a decrease in the
specific work of adhesion.

Figure 9. (Top panel) Dependencies of the friction force Fx on the indenter tangential displacement x,
corresponding to the experiment with an indenter with a radius R = 40 mm; (Bottom panel) Corre-
sponding dependence of the contact area A on the displacement x. Both dependencies correspond to
the second experiment, which was performed immediately after the first experiment, the results of
which are shown in Figure 8. Supplementary videos (Videos S4 and S5) are available for the figure.

For completeness of representation of the effect considered in this paper, we conducted
an additional experiment with an indenter of an even larger radius R = 50 mm, the results
of which confirm the conclusions above but do not introduce anything new; therefore, the
data of this experiment are not included in the main text of the paper and are placed in
the supplementary material (Figures S1–S3), which also contains videos of the experiment
(Videos S6 and S7).

4. Conclusions

In this work, it has been shown experimentally that during friction of surfaces, between
which there is a pronounced adhesive interaction, a transition between two different friction
modes is observed. At the beginning of the motion, the system exhibits a stick–slip mode,
in which global slippage of the rubber over the indenter surface occurs when the friction
force and tangential stresses reach maximum values. As a result of this slippage, the friction
force and stresses decrease dramatically and must again reach their maximum values for
the next act of slippage. As the indenter moves further, another steady-state mode is
established in which there is no sudden global slip of the rubber over the indenter. In this
second mode, a stationary sliding region exists at the trailing edge of the contact where
slip is realized at a velocity similar to the shear rate of the indenter. The tangential stresses
in this region always take the maximum value corresponding to the rubber sliding. The
presence of a region of stationary sliding leads to the fact that a sudden decrease in friction
force becomes impossible. During friction in such a regime, there are acts of periodic
discontinuous contact propagation at the front edge when new elastomer regions, which
are initially unloaded in the tangential direction, come into contact. At further friction, there
is a simultaneous loading of newly adhered rubber regions and their gradual withdrawal
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from the contact, which leads to a complex form of dependencies of friction force and
contact area on the indenter shear. When the contact is narrowed down to the smallest
size of the region in which steady-state sliding is always realized, contact spreads again.
This mechanism leads to a significant reduction in the frequency of transitions between
maximum and minimum values of friction force compared to the stick–slip mode. The
first stick–slip mode is realized only briefly for a fresh, recently treated indenter surface.
Experiments with indenters of different radii (30, 40, and 50 mm) indicate that the transition
from stick–slip to another mode of friction occurs due to contamination of the indenter
surface during its interaction with the elastomer. Despite the existence of a large number of
papers on the study of adhesive tangential contact, we have not found such a transition
effect between friction modes in the literature. Therefore, the proposed work is innovative
and important from a fundamental point of view for a better understanding of the processes
occurring in the contact between rubbing surfaces between which adhesive interaction is
strongly pronounced.

Supplementary Materials: The following supporting information can be downloaded at: https:
//www.mdpi.com/article/10.3390/lubricants12040110/s1, Video S1: A spherical indenter with a
radius R = 30 mm was immersed to a depth of dmax = 0.2 mm with a velocity of v = 1 μm/s into a
layer of TANAC CRG N3005 elastomer with a thickness of h = 5 mm. After reaching the maximum
depth, the indenter was pulled, with the same velocity, out of the rubber layer to a zero level where,
in theory, the indentation should be d0 = 0 mm. But, because of backlash of the motor, the indentation
depth is about d0 = 6 μm. After reaching the “zero” level, the indenter was moved in the tangential
direction with a velocity of v = 1 μm/s. The video shows the first experiment conducted with the
freshly machined indenter with a radius R = 30 mm. Separate panels in the video show the time
dependencies of the normal (FN) and tangential (Fx) forces, the contact area (A), and the average
tangential stress (<τ> = Fx/A). In addition, the lower left panel shows the evolution of the contact
zone; it also shows the current values of the indentation depth (d), the tangential shift of the indenter
(x), and the time (t) that has passed since the beginning of the indentation. The video relates to the
first panels of Figure 2, Figure 4, and Figure 5 in the article. Video S2: It is similar to the Video S1
experiment, but with one difference, as, in this case, the indenter has already been contaminated after
the first experiment. The video relates to the second panels of Figures 2 and 4 in the article. Video
S3: It is similar to the Video S2 experiment. The video relates to the third panels of Figures 2 and 4
in the article. Video S4: It is similar to the Video S1 experiment, but for an indenter with a bigger
radius of R = 40 mm; the tangential displacement of the indenter is also bigger. The video relates to
Figure 8 in the article. Video S5: It is similar to the Video S4 experiment, but in this case, the indenter
has already been contaminated after the first experiment. The video relates to Figure 9 in the article.
Video S6: It is similar to the Video S4 experiment, but the indenter has a bigger radius of R = 50 mm.
The video relates to Figure S1 in the supplementary material. Video S7: It is similar to the Video S6
experiment, with the difference that the indenter is now contaminated after the first experiment. The
video relates to Figure S2 in the supplementary material. Figure S1: Dependencies of the tangential
force (Fx) (top panel) and contact area (A) (bottom panel) on tangential shift of the indenter (x) in the
first experiment with the indenter with a radius R = 50 mm. Supplementary Video S6 is also available
(presented data are similar to dependencies obtained with indenter R = 40 mm that are shown in
Figure 8 in the main article). Figure S2: Dependencies of the tangential force (Fx) (top panel) and
contact area (A) (bottom panel) on tangential shift of the indenter (x) in the second experiment with
the indenter with a radius R = 50 mm. Supplementary Video S7 is also available (presented data are
similar to dependencies obtained with indenter R = 40 mm that are shown in Figure 9 in the main
article). Figure S3: Dependencies of the normal force (FN) on indentation depth (d) in the first and
second experiments with an indenter with a radius R = 50 mm. Supplementary Videos S6 and S7 are
also available (presented data are similar to dependencies obtained with indenter R = 40 mm that are
shown in Figure 3b in the main article).
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Abstract: In recent years, the trend towards larger wind turbines and higher power densities has led
to increasing demands on planet gear bearings. The use of sliding bearings instead of rolling bearings
in planetary bearings makes it possible to increase the power density with lower component costs
and higher reliability. Therefore, the use of planet gear sliding bearings in wind turbine gearboxes has
become more common. However, the flexible structure and complex load conditions from the helical
tooth meshes lead to highly complex elastic structure deformation that modifies the lubricant film
thickness and pressure distribution and, thus, has to be considered in the calculation of the bearing’s
load-carrying capacity. This paper introduces a highly time-efficient calculation procedure that is
validated with pressure measurement data from a three-stage planetary gearbox for a multi-megawatt
wind energy plant. The investigations focus on three main objectives: (i) analyses of experimental
and predicted results for different load cases, (ii) validation of the results of planet gear sliding
bearing code, and (iii) discussion on mandatory modeling depths for the different planet stages.
Results indicate the necessity of further research in this field of applications, particularly for the
third-stage bearings.

Keywords: planet gear sliding bearing; validation; structural deformation; load carrying capacity;
wind turbine gearbox

1. Introduction

In recent decades, wind turbine applications for renewable power generation have
rapidly grown. Current trends in wind turbine design tend to increase turbine capacity,
particularly for offshore plants. While the first offshore farm was installed with 450 kW
turbines in 1991, turbine capacities reached 8–10 MW in 2017 [1]. Recently, a 14 MW
wind turbine offshore was developed, illustrating the rapid speed in research and market
demand in this field [2]. Increasing turbine capacity incorporates new challenges for its
components. This fact has led to the application of sliding bearings in planet gear stages,
which offer new degrees of freedom for the gearbox design but incorporate load situations
that do not exist in other sliding-bearing applications. The axial force components of the
helical gear mesh lead to a moment load for the planet bearing that has to be restored
by the lubricant film and causes a significant tilting movement between pin and planet
that exceeds commonly known levels of misalignment in sliding bearing applications [3].
Moreover, wind turbine operating conditions are characterized by low rotational speeds
and heavy loads, which lead to potential mixed friction domains in the entire load and
speed range. These properties are accompanied by high demands on lubricant design [4]
and require the consideration of wear [5,6]. Lucassen et al. [7] developed a methodology to
identify critical operating conditions for planetary sliding bearings at different rotational
speeds and torques based on elastohydrodynamic (EHD) predictions.
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The extreme load conditions in wind turbine planet bearings are combined with signifi-
cant structural deformation due to the compact, lightweight design of the gearbox. Prölß [8]
investigated the impact of elastic structural deformation, which results in significantly de-
creased maximum pressure, higher film thickness, and, consequently, less contact intensity
and wear. Hagemann et al. [3,9] present a comprehensive theoretical model for sliding
planetary gear bearings based on the previous achievements of Prölß [8]. The results show
that wear mainly occurs at the bearing edges, and the new resulting shape of the lubricant
gap increases the bearing load carrying capacity due to wear. In addition, an optimized
axial crowning of the contact partners reduces the local maximum contact intensity and
maximum pressure. The elastic structural deformation provides film thicknesses with a low
gradient in a circumferential direction of the load zone, which leads to a wider pressure
distribution and a lower maximum pressure level. The deformation behavior depends
on structural stiffness, which is predominantly influenced by rim thickness, in the case of
the planet. This topic has been comprehensively investigated by researchers who study
rolling element planet gear bearings. Dong et al. [10] investigate rim deformation for
planet gears with rolling bearings and study its effect on the bearing load distribution.
The authors obtained an optimal rim thickness for maximum bearing service life. Jones
and Harris [11] and Fingerle et al. [12] pointed out that the ratio between mesh forces
and rim thickness affects the magnitude of oval deformation of the planet and the service
life of rolling element bearings. While general deformation phenomena are comparable
for planets with sliding bearings, actual studies on the impact of rim thickness on their
operating characteristics are missing.

In general, thermal effects have to be considered in the calculation of sliding bearings
starting at a certain level of body temperature increase. Hagemann et al. [13] considered
thermo-mechanical deformation in their analysis of a large high-speed turbine journal
bearing. The results show a reduction in film thickness and an increase in maximum
temperature and pressure for a large five-pad tilting-pad journal bearing that is validated
with experimental data. Linjamaa et al. [14] pointed out that the effects of elastic and
thermal deformation on journal bearing performance increase as the bearing is heavily
loaded. Zhang et al. [15] investigated the relevance of thermal deformation on sliding planet
bearings for wind turbine applications and proved their relevance for theoretical analysis.
Gong et al. [16] analyzed the radial clearance for journal bearings supporting planet gears
(JBSP), considering thermal deformation. The authors found that too tight clearances can
lead to too thin films between pins and planets under large thermal deformation. They
defined the optimization of the clearance as a task for the design procedure.

The confirmation of theoretical models for planet-bearing analysis requires validation
with test results. For this purpose, tests have already been carried out on component test
rigs [6,15,17,18]. However, the kinematics and the surrounding structure on these test
rigs differ from practical gear units as they represent a replacement system of the actual
arrangement and do not feature the carrier as an essential component of the planetary gear
stage. In contrast to the test rigs, the planet also rotates around the sun gear, and the planet
carrier has a different structural stiffness, which may influence the calculation. Currently,
there is a lack of experimental data for sliding planet bearings in the literature. Therefore,
this paper presents a planet-bearing analysis validated with its own measurements from
a full-scale, three-stage multi-megawatt planetary gearbox. The bearing geometries were
designed and optimized prior to testing based on the computational model from ref. [3,9].
All bearings feature an axial crowning to increase minimum film thickness and to ensure
that the sliding bearings operate in the hydrodynamic regime in wide ranges of load-speed
combinations. The validation procedure indicates that enhancements of the theoretical
analyses are required for the third-stage bearings. In particular, local thermal deformation
has to be considered as a novel aspect in planet-bearing design for wind turbine gearboxes.
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2. Materials and Methods

2.1. Hydrodynamic Bearing Model

The lubricant film pressure in the bearing is calculated with a generalized average
Reynolds Equation accounting for three-dimensional viscosity and cavitation, which is
solved based on Elrod’s algorithm [19]. For the calculation of the temperature distribution,
a three-dimensional energy equation is solved in the gap. The energy equation is coupled
with a heat conduction equation of the pin and the planet. A constant temperature distribu-
tion in a circumferential direction due to sufficiently high rotational speeds is assumed in
the planet. A more detailed description of the bearing model is included in ref. [3].

2.2. Method for Calculation of Planet and Pin Deformation

A weak coupling between fluid and structure analysis is utilized for the simulation of
bearing operating behavior under consideration of elastic structural deformation. Based on
the assumption of a linear structure model, the constant structural elasticity information
resulting from geometries, material properties, and boundary conditions are saved in
an a priori-determined reduced stiffness matrix. According to Guyan’s theory [20], the
total stiffness matrix can be reduced at the master nodes, i.e., the nodes where the load is
applied to the structure. This enables the calculation of deformations with a relaxation at
many iteration steps in the planet gear-bearing code to achieve convergence. In this paper,
the stiffness matrix is reduced to a sliding surface with 128 nodes in the circumferential
direction and 32 nodes in the axial direction. The convergence criteria in the bearing code
are set to a maximum local deformation change below 1.0 μm between two iterative steps,
and the maximum local pressure modifies by less than 0.1 MPa. More details on the method
for calculation of planet and pin deformation can be found in ref. [9].

2.3. Investigated Planet Gear Sliding Bearing

The basic parameters of the three-stage planet gear sliding bearings for a multi-
megawatt wind turbine gearbox by the customer are listed in Table 1. The positions of the
pressure sensors in the experiment are located in the zone of expected maximum load on
the rotor side (RS), generator side (GS), and in the middle of the bearing (Mid). All pins of
the three investigated stages feature an axial crowning to ensure a nearly homogeneous
pressure distribution in an axial direction of the bearing and to reduce the high edge
loading.

Table 1. Three-stage planet gear sliding bearing parameters.

Parameter Stage 1 Stage 2 Stage 3

Bearing width/diameter, - 1.5 1.2 0.83
Nominal rotational speed, rpm 30 85 271

Nominal specific bearing load, MPa 13.5 12.7 10.4
Lubricant ISO VG 320

Lubricant density kg/m3 853 @ 40 ◦C
Lubricant specific heat capacity kJ/(kg·K) 2.0 @ 20 ◦C
Lubricant thermal conductivity, W/(m·K) 0.13

2.4. FEM Model for Structure Analysis: Material, Boundary Condition and Mesh Load

The planet gear bearings in the three stages have similar structural features. Figure 1
shows the CAD model of the investigated bearings, with five planets and pins as an
example. This model is characterized by the periodic symmetry of the planet carrier.
Neglecting any transmission errors, one-fifth of the model is utilized for the FE analyses
to calculate the deformation. Additionally, the planet and pin are divided into three and
two parts to enable different meshing of the structure, and the contact surfaces between the
parts are defined as ‘Bonded’ to treat them as one physical body.

334



Lubricants 2024, 12, 95

Figure 1. CAD model of planet gear sliding bearing.

Figure 2 shows the meshes of the planet and pin with carrier. The inner structure
of the planet and the outer structure of the pin are both cylindrical geometries and, thus,
are discretized hexahedral structural meshes with 128 in circumferential and 32 elements
in axial directions. Tetrahedral meshes approximate the remaining structures. In this
paper, the models of planet and pin with carrier are discretized to have 173,584 nodes and
391,536 nodes, respectively. Appendix A includes a grid convergence study. Its results
indicate that the structural discretization used in this paper is appropriate and has a lower
impact on the results than most other uncertainties in the entire simulation procedure.

Figure 2. Mesh of pin with carrier (a) and planet (b).

Figure 3 explains the boundary conditions for the planet and pin with the carrier. For
the planet, there are mesh forces via ‘Remote Force’ on the tooth flanks engaging with
ring gear and sun gear which are in mechanical equilibrium with the gravity and oil film
forces on the sliding surface. In order to avoid the rigid body movement of the planet due
to numerical inaccuracies in the mechanical equilibrium, a ‘Remote Displacement’ with
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zero degree of freedom is defined on the inner surface of the outer structure of the planet
(part 3) in Figure 3a while allowing a deformation on this surface. The connection between
the pin and carrier in Figure 3b is defined as ‘Bonded’, simulating both components as
one body. Furthermore, the tapered rolling element bearings supporting the carrier in the
turbine housing structure restrict the radial movement of the carrier. The inner surface
on the rotor side of the carrier is defined as ‘fixed’ to provoke the twist deformation
caused by the transmitted torque between the rotor hub and generator. Periodic symmetry
conditions are set on two cross sections of the one-fifth model of a carrier that interface to
the neighboring part.

Figure 3. Boundary condition of planet (a), and pin with carrier (b).

Table 2 shows the material properties of the planet, pin, and carrier. Since the structural
behavior is assumed linear, only Young’s Modulus and Poisson’s Ratio are required to
determine the stiffness properties.

Table 2. Material properties.

Parameter Planet Pin Carrier

Young’s Modulus, MPa 210,000 210,000 176,000
Poisson’s Ratio, - 0.3 0.3 0.275

Figure 4 shows the three components of the mesh forces on the tooth flanks on the
sun gear and ring gear side, as well as their offset positions a and b from the planet center
plane. The sum of the two tangential forces is equal to the oil film force, Fsc. The axial
force caused by the helix angle of teeth generates an oil film moment of reaction Msc,x
about the x-axis. As the load distribution on the tooth flanks of the investigated three-stage
planetary bearings is not homogeneous in the lateral direction, additional oil film moments
of reaction Msc,y are generated about the y-axis.

Figure 4. Mesh forces on the tooth flanks.
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3. Results

In this section, Tr refers to the relative input torque and 100% Tr corresponds to the
nominal load situation with a specific bearing load of 13.5 MPa, 12.7 MPa, and 10.4 MPa
for the first to third stages, respectively. Based on a comparison between the predicted
minimum film thickness and the roughness of the sliding surfaces, all bearings operate in
the hydrodynamic regime for the loads investigated in this paper.

3.1. Predicted Film Thickness and Structure Deformation

The first-stage bearing is utilized as an example to compare the film thickness under
part-load Tr = 20% and nominal load Tr = 100% conditions. The dimensionless axial
coordinates z = 0 and z = 1 in Figure 5 represent the generator and rotor side of the
bearing. As shown by the black point in Figure 5, the minimum film thickness is smaller
for the nominal load Tr = 100%, with a value of 8.9% of absolute radial clearance. In the
area localized by the red line, the film thickness is below 21.1% of absolute radial clearance
ΔR. A comparison of the results in Figure 5a,b indicates that this area is much larger for
the nominal load Tr = 100%, as expected. The film thickness in this load zone remains on
a level slightly above the minimum film thickness, as shown by the blue line in an angular
span ranging from φ = 214◦ to 338◦.

Figure 5. Film thickness for Tr = 20% (a) and 100% (b) loads of first-stage bearing.

The dimensionless total radial deformations on the sliding surface of the planet and pin
for loads Tr = 20% and 100% are shown in Figure 6a,b, respectively. The region with the
larger deformation is closer to the generator side (GS, z = 0) for the relative load Tr = 20%
in Figure 6a due to the mesh force offset position, while an axially more homogenous
deformation can be observed for the nominal load case in Figure 6b. Additionally, both
deformation fields feature significant local maximum values in the load zone between
φ ≈ 240◦ and 310◦ as well as in the area 180 degrees offset from it, which exhibits a
characteristic oval shape. This property can also be observed in Figure 7 and is caused by
the highly flexible planet deformed by the combination of fluid film and mesh forces. From
the left to the right, the axial position z in Figure 7 shifts from the generator side (GS) to
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the center (Mid) and the rotor side (RS) of the bearing individually. The radial bearing
clearance is expressed in a dimensionless form relative to the absolute radial clearance ΔR,
where ΔRi is contour of pin, planet or resultant gap. Figure 7a displays the magnitude of
the oval shape for load Tr = 20% is decreasing from GS to RS, since local pressure loads
concentrate on the GS. In contrast, the resultant contour for load Tr = 100% shows the oval
shape in Figure 7b over the entire bearing width due to the broader pressure distribution in
the axial direction.

Figure 6. Total deformation field for Tr = 20% (a) and 100% (b) loads of first-stage bearing.

Figure 7. Gap contour for Tr = 20% (a) and 100% (b) loads of first-stage bearing.
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3.2. Validation of Pressure Distribution

Figure 8 presents the predicted rising trend of the dimensionless maximum hydrody-
namic pressure in the planet gear bearings of the three different gear stages for increasing
relative loads, where Pmax,123 means the maximum of all pressures. The maximum hydro-
dynamic pressure of third-stage bearing under relative load Tr = 40–110% is higher than
that of the other two stages, although its nominal specific bearing load is lower.

Figure 8. Maximum hydrodynamic pressure for variable relative loads Tr = 20–110% for the
bearings in the three stages.

Figure 9 shows the predicted pressure distribution in the lubricant gap for relative
loads of Tr = 20%, 60%, and 100%, which is expressed in dimensionless form relative to
the maximum pressure at Tr = 100% load in each stage. The locations of the three pressure
sensors for each pin in the experiment are marked with red points to allow comparison
between measured and simulated results. As already discussed for the predicted deforma-
tion and film thickness distribution, the pressure in the first-stage bearing for Tr = 20%
load in Figure 9a is mainly concentrated on the GS due to the additional moment about
the y-axis. With a rising load on the bearing, the range of high pressure becomes broader
both in axial and circumferential directions. This tendency can be observed for all three
stages. However, the circumferential growth of the load section is significantly lower for
the third stage. In addition, the planet bearings in the first and second stages exhibit two
peak pressure sections with local maxima in a circumferential direction at Tr = 100% load,
while the third stage has a more homogeneous pressure distribution.

Table 3 includes the dimensionless axial offset positions of the mesh forces on tooth
flanks relative to the bearing center for loads Tr = 20%, 60%, and 100%, i.e., the lever
arms for the moment are represented by a and b. Positive and negative values of a and b
represent the offset position in the GS and RS direction, respectively. The resulting pressure
distribution closer to the generator side for load Tr = 20% results from the fact that
the values of a and b in Table 3 are both positive and comparably high, which leads to a
moment on the planet about the y-axis. Therefore, it results in a larger elastic deformation
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of the pin and planet on the GS side, which explains the more significant oval shape on
GS in Figure 7a. On the contrary, the absolute values of a and b for load Tr = 100% of the
third-stage bearings are quite small, generating a very low additional moment about the
y-axis, so the pressure distribution in Figure 9c is more homogeneous in the axial direction.

Figure 9. Pressure distributions for Tr = 20%, 60%, and 100% loads of first- (a), second- (b), and
third-stage (c) bearing.

Table 3. Dimensionless axial offset position relative to the bearing center for three-stage planet gear
sliding bearing.

Stage 1 Stage 2 Stage 3

Offset a Offset b Offset a Offset b Offset a Offset b
20% 0.38 0.19 0.13 0.14 0.021 0.35
60% 0.18 −0.09 0.09 −0.04 0.031 0.12

100% 0 −0.22 0.03 −0.11 0.021 0.021

Experiments were performed to investigate the load-carrying capacity of bearings for
loads between Tr = 20% and 100% with increments of 10% load. The letters A to G are
used to identify different pins of the same bearing stage. If pressure sensors fail during the
experiments, their values are omitted. A comparison of the experimental and simulation
results over the entire load range is summarized in Figure 10, where the pressures are
expressed in dimensionless form relative to the maximum pressure of bearing with Pmax,1,
Pmax,2, and Pmax,3 for the respective stage. In addition to the measured and predicted
sensor pressures, the maximum predicted pressure on the sliding surface is presented. In
combination with Figure 9a,b, the characteristics in Figure 10 show that maximum predicted
pressure is located close to a pressure sensor in the case of the second stage bearing while
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there is a bigger distance between the highest local pressure load and the sensor location in
case of the first stage. The simulation only considers mechanically induced deformation
and neglects thermal deformation based on the assumption of sufficiently low-temperature
levels in this low-speed application. The predicted pressures at the sensor position for
the first- and second-stage bearings in Figure 10a,b show very good agreement with the
measurement data of all pins at the three axial positions over the entire load range. The
deviations are in the range of 0.1 to 5.5% for first- and second-stage, except slightly higher
values for the generator side at Tr = 20% to 60% load of the first-stage bearing. Combined
with the calculation of the load carrying capacity of each bearing in less than ten minutes,
this confirms the reliability as well as the efficiency of the planet gear bearing code.

Figure 10. Comparison of pressure between measurement and prediction for the entire load range
Tr = 20–110% of first- (a) and second-stage (b) bearing.

3.3. Extended Thermal Deformation Analysis for the Third Stage

More significant differences between measurement and prediction exist for the third-
stage bearing. Figure 11a includes measured and predicted pressures for the third-stage
bearing. Deviations become higher with increasing load, particularly for the mid-sensor
position.
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Figure 11. Comparison of pressure between measurement and prediction for the entire load range
Tr = 20–110% of without (a) and with (b) thermal expansion of third-stage bearing.

Table 4 shows that the dimensionless experimental and predicted sliding surface
temperatures relative to the oil supply temperature in ◦C at Tr = 100% load increase as
the bearing rotational speed rises from a low speed in the first stage to a high speed in
the third stage. The oil supply temperature of all bearings in the three stages is the same.
The experimental and predicted temperatures of sliding surfaces in the first two stages
bearing increase within a range of 18% and 42% of the oil supply temperature, respectively.
The previous validation results show that the thermal expansion caused by the increasing
temperature has no significant effect on the load-carrying capacity of the first- and second-
stage bearings. However, the temperature of the third-stage bearing is much higher and
reaches approximately 76% of the oil supply temperature. This temperature increase might
incorporate non-negligible thermal deformation of the bearing components. To verify this
conjecture, the temperature fields on sliding surfaces of the pin and planet simulated using
the THD analysis are applied as external loads to calculate the thermal deformation of the
third-stage bearing for loads Tr = 20–110%. Since the thermal deformation changes only
slightly with modification of the pressure distribution, a one-time calculation of the thermal
deformation at the beginning of the analysis is assumed to be sufficient. The shape of the
radial thermal deformations is similar for all load cases. Figure 12 presents exemplary
results for Tr = 100% in dimensionless form for two views. This three-dimensional thermal
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deformation is approximately parabolic in the axial direction, i.e., the bearing clearance
at the bearing edge becomes larger through the positive value at z = 0 and 1, while it
decreases in the bearing center through the negative value. The total thermal deformation of
the pin and planet is regarded as an additional offset crowning, which is used together with
the original crowning of the pin to recalculate the pressure for the third-stage bearing in the
planet gear bearing code. As shown in Figure 11b, these pressures provide a significantly
improved correspondence with the experimental pressure at the generator side (GS) and
in the bearing center (Mid). Moreover, the results indicate that the position of maximum
pressure at maximum torque load is slightly shifted away from the sensor location due to
the consideration of thermal deformation as the deviation between the calculated sensor
and calculated maximum pressure increases from Figure 11a to Figure 11b.

Table 4. Comparison of dimensionless temperature from sensor and prediction for Tr = 100% of
three-stage planet gear bearings.

Stage 1 Stage 2 Stage 3

GS Mid RS GS Mid RS GS Mid RS
Avg. exp. TS,Exp, - 1.13 1.1 1.13 1.34 1.37 1.42 1.67 1.74 1.76

Calc. TS,Exp, - 1.18 1.17 1.15 1.4 1.38 1.36 1.64 1.69 1.65
Deviation Δ, % 4.4 6.2 1.8 4.6 0.6 3.7 1.4 3.0 6.3

Figure 12. The sum of dimensionless radial thermal deformation on the sliding surface of pin and
planet for nominal load Tr = 100% for third-stage bearing.

Results indicate that an enhancement of the modeling depth by thermal deformation
is required for the third-stage bearings. Although the validation results in Figure 11b
still show some deviation on the rotor side (RS), there is a significant improvement in the
agreement of measured and predicted results.

4. Discussion and Conclusions

This paper investigated the load-carrying capacity of the planet gear sliding bearings
for three gear stages of a multi-megawatt wind turbine gearbox. For this purpose, the
bearings are analyzed both experimentally and theoretically within a detailed thermo-elasto-
hydrodynamic simulation considering the structural deformation. The deformation, oil film
thickness, and pressure distribution are analyzed for the entire load range. Comparisons
of measured and predicted hydrodynamic pressures provide very good agreement for
the first- and second-stage bearings if only mechanical deformation induced by the film
pressure is modeled. Results indicate that this approach is not sufficient for the third stage
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bearings, as deviations between simulation and experiment occur. Here, the additional
consideration of approximative thermal deformation that predominantly shows a shape
similar to an axial crowning of the pin leads to a significant improvement in simulation
results. The simplified approach for the consideration of thermal deformation assumes
that a one-time calculation of thermal deformation at the beginning of the analyses is
sufficient as thermal deformation only slightly changes by the modification of the pressure
distribution. However, the deviations between measurement and prediction remain on an
unacceptable level, indicating that a more detailed thermal deformation analysis might
be necessary to close the gap between experimental and theoretical results for the third
stage. An alignment of the consideration of thermal deformation with the procedure for
mechanical one seems to be promising, but the entire calculation procedure should be kept
on a complexity level that fulfills the real-time expectations of industrial practice.

Author Contributions: Conceptualization, methodology, T.H. and H.D.; software, H.D.; validation,
H.D. and Ü.M.; investigation, writing, and visualization, H.D.; supervision and funding acquisition,
H.S. and Ü.M. All authors have read and agreed to the published version of the manuscript.

Funding: This research received no external funding.

Data Availability Statement: Data are contained within the article.

Conflicts of Interest: Author Ümit Mermertas was employed by the company Envision Energy
CoE GmbH. The remaining authors declare that the research was conducted in the absence of any
commercial or financial relationships that could be construed as a potential conflict of interest.

Appendix A. Grid Convergence Study

The grid convergence study is carried out by calculating the radial deformation of
a sliding surface at φ = 270◦ across the bearing width for different grid densities of
planet and pin with carrier in third-stage bearing as in Figures A1 and A2. The radial
deformations are shown in a dimensionless form relative to their maximum value of planet
and pin. The results in Tables A1 and A2 demonstrate that the deviation of the selected
mesh density from the maximum mesh density is 0.4% and 0.01% for planet and pin with
carrier, respectively.

Figure A1. Dimensionless radial deformation of sliding surface at φ = 270◦ across the bearing width
for different grid densities of a planet in third-stage bearing.
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Table A1. Deviation of dimensionless radial deformation of the sliding surface at φ = 270◦ and
z = 0.55 for different grid densities from the maximum mesh density of the planet in third-stage
bearing.

Nodes Number Radial Deformation, - Deviation, %

345,781 0.8329 -
241,641 0.8314 0.18
173,584 0.8297 0.39
144,901 0.8283 0.55
123,672 0.8220 1.30
87,314 0.8187 1.70

Figure A2. Dimensionless radial deformation of sliding surface at φ = 270◦ across the bearing width
for different grid densities of pins with a carrier in third-stage bearing.

Table A2. Deviation of dimensionless radial deformation of the sliding surface at φ = 270◦ and
z = 0.3718 for different grid densities from the maximum mesh density of pin with a carrier in
third-stage bearing.

Nodes Number Radial Deformation, - Deviation, %

606,630 −0.8558 -
462,006 −0.8559 0.02
391,536 −0.8559 0.01
283,067 −0.8561 0.04
200,122 −0.8563 0.06
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Abstract: The article focuses on the findings of endurance tests on thrust bearings. In addition to
the mechanical load (axial load: 10 ≤ C0/P ≤ 19, lubrication gap: 0.33 μm ≤ h0 ≤ 1.23 μm), these
bearings are also exposed to electrical loads (voltage: 20 Vpp ≤ U0 ≤ 60 Vpp, frequency 5 kHz
and 20 kHz), such as those generated by modern frequency converters. In a previous study, the
focus was on the chemical change in the lubricant and the resulting wear particles. In contrast, this
article focuses on the changes occurring in the metallic contact partners. Therefore, the changes in
the surface topography are analysed using Abbott–Firestone curves. These findings show that tests
with an additional electrical load lead to a significant reduction in roughness peaks. A correlation
to acceleration measurements is performed. Moreover, it is shown that the electrical load possibly
has an effect on the light load hardness. An increase in the occurring wear could not be detected
during the test series. Also, a comparison with mechanical reference tests is made. The article finally
provides an overview of different measurement values and their sensitivity to additional electrical
loads in roller bearings.

Keywords: tribo-electric contact; bearing currents; surface topography; mechanical and electrical
loads; light load hardness

1. Introduction

Rolling bearings are critical components in mechanical engineering, facilitating inde-
pendent rotational movements between two machine parts. They are exposed to a variety
of loads (e.g., mechanical, thermal, chemical) under different operating conditions. These
influence the service life of the rolling bearings and can be largely classified and considered
by means of service life calculations.

As a result of the increased use of electric motors in combination with fast-switching
frequency inverters with IGB (insulated-gate bipolar) or SiC (carbon silicide) transistors [1–3],
the motor bearings, for example, may be exposed to electrical loads in addition to me-
chanical loads. This phenomenon is known as parasitic electrical current passage. This
current passage causes accelerated damage to the rolling bearings [4,5] and lubricants [6,7],
which can lead to component failure within a short time. Different damage mechanisms
can be identified. In the case of lubricants, for example, accelerated oxidation [8,9] or
molecular changes in the lubricant chemistry [6,10] can occur. Grey running marks [11–13],
accumulations of individual discharge craters [11–13] or electromechanically caused lentic-
ular protrusions known as fluting [14–16] appear on the metallic raceways of the rolling
bearings. To date, these electromechanical damage events can only be considered to a
limited extent in the design of rolling bearings or other machine elements. The dimen-
sioning parameters currently used in design do not yet provide sufficient reliability in
practical applications [13,17–19]. Furthermore, no distinction is made between the types of
damage (lubricant oxidation, grey track or fluting) to be dimensioned against. This leads to
overdimensioning and unexpected early failures of the components [17–21]. Alternatively,
expensive protective measures are taken to limit the parasitic current flow [17,21–23].

Lubricants 2024, 12, 303. https://doi.org/10.3390/lubricants12090303 https://www.mdpi.com/journal/lubricants347



Lubricants 2024, 12, 303

By focussing on the damage to the metallic components of a rolling bearing, a correla-
tion between component vibrations and the onset of damage phenomena [23–26] could be
demonstrated. The vibration excitation caused by fluting in particular is used to reliably
identify these at an early stage and initiate maintenance [27,28]. Furthermore, in [29,30], the
component vibration was correlated to the occurring discharge energies of the individual
breakdowns. This behaviour was also observed in [18].

Further studies on components damaged by the passage of current focus on the changes
that occur in the material as described by microscopy [30–34], metallurgy [30,33,34] or spec-
troscopy [35]. These publications describe the damage that occurs in more general terms.

In addition, there are also publications that prevent or delay the occurrence of electrical
damage through the use of targeted, expensive measures (such as the use of insulation [20]
and adaptation of the electrical control system [35]) so that the calculated L10 bearing
service life is achieved.

The following investigation continues the results of article [36]. While the changes
in the lubricant were considered in detail in [36], the focus here is on the influence on the
metallic surface. Different measurement methods are used, which present the test series
regarding the changes in the surface topography, the influence of the electrical load on the
light load hardness and the results of a vibration analysis.

2. Test Setup

The Chair of Machine Elements, Gears and Tribology (MEGT) has specialised test
benches to investigate the electrical loads in rolling bearings of inverter-fed electric motors.
These test rigs make it possible to vary electrical and mechanical operating conditions
independently of each other, which enables a detailed investigation of the influence of
electrical currents on rolling bearings [11,22,36].

The GESA (ger. Gerät zur erweiterten Schmierstoffanalyse—device for advanced lubri-
cant analysis/developed by MEGT) test rig used in the investigations presented here allows
the specific investigation and measurement of bearing currents in thrust bearings, among
others. The purely vertical load (see Figure 1) ensures uniform tribological conditions at
the rolling contacts. This makes it possible to precisely analyse the electrical properties of
the rolling bearings and lubricants.

A 

Figure 1. Sectional view of GESA (1 distributing ring/2 driving shaft/3 centring ball/4 shaft/
5 housing/6 tested bearing/6a rotating ring/6b rolling element/6c stationary ring/7 bearing ring
holder/A acceleration sensor) [36].

In the tests, axial deep groove ball bearings (type 51208) are subjected to a combined
mechanical and electrical load. These mechanical and electrical boundary conditions can be
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found in Tables 1 and 2. To make it easier to differentiate between the test regimes, they are
labelled as a function of the axial force applied. This results in the following relationship:

• Test series A—axial load 4000 N (C0/P 19);
• Test series B—axial load 6000 N (C0/P 13);
• Test series C—axial load 8000 N (C0/P 10).

Table 1. Boundary conditions specified at the test bench.

Designation Force/N
Rotation

Speed/rpm
Temperature/◦C

Common-Mode-
Voltage/Vpp

Switching
Frequency/kHz

A-m1
4000 1000

40 - -
A-m2 80

A-e1

4000 1000

40 60

20
A-e2 40 40

A-e3 * 40 20
A-e4 80 60

B-m1 6000 1000 40 - -

B-e1
6000 1000

40
60

20
B-e2 40 5
B-e3 80 20

C-m1 8000 1000 40 - -

C-e1 8000 1000 40 60 20

* including retry with -a and -b denoted.

Table 2. Mechanical parameters at the test bench.

Parameter Unit Test Series A Test Series B Test Series C

Contact force N 4000 6000 8000
C0/P - 19 13 10

Hertzian pressure MPa 1494 1710 1883
Single contact area mm2 0.27 0.35 0.43

Lubrication gap
height *

μm 0.79 @40 ◦C 0.76 @40 ◦C 0.72 @40 ◦C
0.22 @80 ◦C 0.21 @80 ◦C -

Specific lubrication gap - 1.23 @40 ◦C 1.19 @40 ◦C 1.13 @40 ◦C
0.34 @80 ◦C 0.33 @80 ◦C -

* according to [37].

Using the lubricant used here (non-additive mineral oil identical to [36]), the following
mechanical loads and tribological lubricant film heights are present in the tests.

3. Test Procedure and Measured Variables

The test bearings are first subjected to a 16 h mechanical run-in. This results in
individual roughness peaks being smoothed out and constant tribological and electrical
behaviour being achieved. This running-in is carried out at 2400 N, 1000 rpm and a
lubricant temperature of 40 ◦C. The bearing is then dismantled, and the surface topography
of the bearing raceways is measured. This is performed using the method described in
Section 3.2, which has already been successfully tested in [11,21–23,38]. The test specimen
is then remounted and loaded for 168 h. The load collectives correspond to the boundary
conditions listed in Table 1. After completion of the test run, the surface topography of the
bearing raceways is measured again. The measured variables listed below are analysed.
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3.1. Acceleration Measurement

To gain insights into the relationship between running noise, vibrations and surface
topography of the bearing raceway, continuous vibration measurements were performed
during the test runs. For this purpose, an acceleration sensor is located on the housing of
the test cell (Figure 1 A), and the rotation speed of the bearing is also recorded via a Hall
sensor. A piezoelectric sensor (manufacturer: Dytran, Los Angeles, CA, USA/designation:
3056B5) is used; it has a resolution of 50 mV/g and covers a measuring range between 0
and 100 g amplitude at a frequency of 1 Hz to 10 kHz. The subsequent evaluation is carried
out by visualising the order spectra over the test time.

3.2. Confocal and Light Microscopy of the Rolling Elements and Raceway Surfaces

Two different methods are used to measure the surfaces of the rolling elements at se-
lected test points. A selection of different microscopes and macroscopes is used to visually
compare the surfaces. The 3D surface measurement is carried out using a confocal micro-
scope (vertical resolution of the lens used is 0.006 μm). A developed test fixture ensures
that the sample (such as the bearing rings) is always positioned and aligned identically to
the microscope. This allows the almost identical surface section to be monitored at different
times. In order to enable comparability of the measured surface sections at the different
test times, a special measurement recording was developed. This is shown schematically in
Figure 2. To ensure optimum and reproducible positioning, the test bearing is provided
with a chamfer before the start of the actual test series. After inserting the bearing ring on
the base surface, the position is determined via the contact surface and the positioning bolt.
In addition, the chamfer is pressed against the contact surface via the clamping screw and
thus fixed in position.

a) b) 

Figure 2. Surface measuring equipment: (a) confocal microscope with positioning stage on which the
sample is placed; (b) sample holder with visualisation of possible measurement points [11].

The reproducibility of the surface measurement using this image was confirmed
in [11,18]. The objective used in the measurements on the confocal microscope (manufac-
turer: NanoFocus, Oberhausen, Germany) achieves a resolution of 1.55 μm in the plane
and 0.006 μm in the height.

The post-processing and preparation of the 3D surfaces is conducted using the com-
mercial programme MountainsMap (manufacturer: Digital Surf, Besancon, FRA/version:
premium 6.0). In this step, so-called artefacts, such as reflections or strong measurement
deviations of the surface measurement, are first searched for and eliminated by means of
interpolation. Based on this, the shape is then separated from the roughness for further
evaluation, resulting in a plane with superimposed roughness and corrugation. The evalu-
ation is carried out using Abbott–Firestone curves [39], histograms of the surface heights
and a selection of surface characteristics in accordance with [40].

3.3. Light Load Hardness

As a result of the electromechanical load, the surface is massively reshaped in parts.
This can be observed and documented in the form of a change in the topography or a change
in individual surface parameters). In addition to this influence on the surface topography, it
can be assumed that the mechanical properties of the rolling bearing raceways close to the
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surface are also influenced. In line with this hypothesis, the light load hardness of the bear-
ing raceways was measured as part of a separate series of tests. A Micro-Vickers hardness
tester (manufacturer: Mitutoyo Cooperation, Kawasaki, Japan/designation: HM-112) with
a test weight of 1 kg ( �→ light load hardness) was used for this purpose. Microindentation
was carried out on each bearing ring in the centre of the raceway. In order to include any
scatter in the hardness measurement in the assessment of the results, five measurements
were taken along the raceway for each bearing ring. Furthermore, sufficient spacing be-
tween the individual indentation points ensured that there was no mutual interference
between the individual measurements.

3.4. Determination of Wear Weights

A high-precision balance (manufacturer: Ohaus, Parsippany, NJ, USA/designation:
Explorer EX225D) is employed to measure the electroerosive wear of the analysed rolling
bearings. This has a readability of 0.01 mg with a repeatability of 0.02 mg. It is used to
weigh the individual rolling bearing rings as well as the rolling element sets (including the
cage) in selected tests.

4. Results

4.1. Electrical Load over Time

The results of test series A (see Figure 3a) show the expected influence of the amplitude
of the source voltage on the resulting load characteristics. Furthermore, tests A-e1 and
A-e2 show an almost constant behaviour of apparent bearing current density and bearing
apparent power over the test period. Irrespective of this, A-e1 continues to show a slight
increase in the load level and an increase in scatter from a running time of around 72 h.
This effect is more pronounced for the bearing apparent power than for the average bearing
current density, for example. The tests with identical loads (A-e3-a and A-e3-b) show the
repeatability of the energisation over the test time at a comparable load level. In addition,
both tests have a short isolating phase (A-e3-a → 30 h/A-e3-b → 48 h), after which the
load values are almost identical until the end of the test. Test A-e4 was carried out within
an increased lubricant temperature of 80 ◦C but with a source voltage of 60 V (pk to pk)
comparable to A-e1. This is also confirmed by the trend of the load variables, as shown
in Figure 3a. However, after around 120 h, there is a sudden drop in the average load
value in both characteristic values of this test. The measurement data do not provide
conclusive information regarding the cause of this drop. Test series B is shown together
with the electrical test of test series C in Figure 3b. For test series B, despite the identical
amplitude of the source voltage, there are clearer differences in the resulting apparent
bearing current density and bearing apparent power than in test series A, for example.
However, this difference in the electrical load can still be categorised as small, at least in
this type of evaluation. Both test B-e1 and test C-e1 scatter more strongly at the beginning
of the tests. This scatter decreases after a test duration of about 72 h. As in test series A, this
change is also more clearly recognisable in the diagrams of the average storage appearance
performance due to the more pronounced gradients. It should also be noted that in test
B-e1, there was no further electrical load from 158 h onwards. This occurred due to a single
failure of the voltage source. The other tests in test series B, which were carried out with a
reduced switching frequency (B-e2) and increased lubricant temperature (B-e3), show an
almost constant electrical load over the test period and are unremarkable. When comparing
the test series with each other, it should be noted that the load levels of the electrical rating
parameters differ. Thus, due to the lack of reference to a mechanical load variable, the
average bearing apparent power at identical source voltage is in a similar range (at 60 V
(pk to pk) approx. 4 VA). Using the bearing current density, the electrical load levels are
dependent on the Hertzian contact area, which is why test series A has the highest load
and test series C the lowest load at identical source voltage.
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Figure 3. Mean apparent bearing current density and mean bearing apparent power for the test series
with visualisation of the critical load values in the measuring range (0.1 A/mm2) for test series -A
(a) and -B (b).

4.2. Surface Topography

To supplement the visual assessment of the surface changes [36], a quantifying mea-
surement of the roughness of the bearing raceways was carried out using a confocal
microscope. The method presented in [11] was used here, in which the bearing rings are
provided with a mirror coating, which then allows them to be positioned and aligned
exactly to the microscope used in a specially developed test fixture. This allows the almost
identical surface section to be measured at different times. Using this image, the bearing
raceways were scanned after running-in for 16 h and after the load phase of 168 h. Figure 4
shows the Abbott–Firestone curves resulting from these measurements after the running-in
and loading phases for all tests.
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Figure 4. Abbott–Firestone curves of the bearing raceways at the beginning and end of the endurance
tests for different operating conditions.

Figure 4 shows that there is no significant surface change in the purely mechanical
reference tests of test series A and B. The material area curves on the rotating and stationary
ring after the running-in and loading phase of the respective tests are almost identical (see
Figure 4(a1–c2)). This behaviour does not correspond to the results of the reference test
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C-m1. This is due to the severe surface damage that occurred in this test and must be
considered when interpreting the results.

Furthermore, this type of visualisation clearly shows the influence of the electrical
load. Based on the microscopic assessment of the surface [36], a smoothing effect was
observed. This is shown by a clear drop in the profile heights after the electromechanical
load compared to the initial level after the bearing run-in. The results from test A-e1 deviate
from this (see Figure 4e1 A-e1-rotating). Here, there was an increase in the profile height of
the rotating ring. This is a direct consequence of the fluting created here (see Figure 4c),
which results in a noticeable deepening of the surface. In addition, this type of surface
evaluation shows that the corrugation shading or bearing current marks are not noticeable.

Looking at the other results of test series A with lower source voltage and increased
temperature, it is noticeable that there was no or only a slight drop in the profile heights
on the rotating ring. In contrast, the influence of the electrical load and the smoothing
that occurs is clear on the stationary ring. An effect of the different heights of the source
voltage between 20 V (pk to pk) and 40 V (pk to pk) (see figure parts g2, i2 and k2) cannot
be determined in this form of visualisation. While only minor changes occurred on the
rotating ring in test series A, reductions in the profile height can be observed on both
bearing rings in test series B.

Furthermore, no difference in the surface smoothing that occurs as a result of the
varied switching frequency from test B-e1 (see Figure 4(d1,d2)) to B-e2 (see Figure 4(f1,f2))
can be determined. The evaluation of the material contact ratio curves of test series C
cannot be clearly assigned to a purely mechanical or electrical load as a result of the severe
surface damage occurring here in the form of pronounced material breakouts (pitting).

The tests with an increased lubricant temperature of 80 ◦C (A-m2, A-e4 and B-e3)
should be emphasised separately. While the mechanical reference test showed no changes
in the distribution of the profile height even at this temperature, the tests with additional
electrical load resulted in a significant reduction in roughness. This is increased in com-
parison to the other electrically and mechanically loaded tests carried out in the respective
test series. Accordingly, the tests with electrical load and increased temperature resulted
in the greatest smoothing of the bearing raceway on the rotating ring. The stationary ring
is also smoothed at elevated temperatures, but these changes are rather small compared
to the rotating ring. This is also evident in a direct comparison with tests performed at an
identical source voltage with a lubricant temperature of 40 ◦C. Here, in test A-e1, there is
a pronounced ripple formation, which did not occur when the lubricant film height was
reduced by tempering the lubricant to 80 ◦C (test A-e4).

4.3. Acceleration Detection

Parallel vibration measurement proved to be a useful tool during the tests for recording
the interaction between the electrical and mechanical load. The continuous recording of
measured values allows strong changes in the contact partners to be limited in time, which
is not possible with the surface examination based on measurements at the start and end of
the test.

As part of the vibration analysis that follows the vibration measurement or is carried
out in parallel, the order spectrum is formed from the measured vibrations. The magnitude
of the amplitude is represented as a multiple of the excitation frequency (speed) of the
so-called order. The representation above the order allows the identification of charac-
teristic multiples of the excitation frequency and an analysis of the measured vibrations.
Figure 5 shows the temporal development of the acceleration amplitude over the order
to investigate the operating behaviour over the test time. A proven tool for converting
the measurement data recorded at the acceleration sensor into an order spectrum is the
Fourier transformation, which is also used here. The order spectrum is formed and stored
over a vibration measurement interval of 20 min. This means that the temporal change
in the order spectrum is also available via the measurement of the endurance test, which
is also mapped. To analyse the order spectrum, the characteristic frequencies of the test
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specimen must be known. In particular, the kinematic conditions of the thrust bearing must
be considered. Due to the identical raceway diameter of the stationary and rotating ring,
it can be assumed that the cage rotates at approximately half the angular velocity of the
driving ring. In addition, the rollover speed of the rolling elements is the multiple of the
number of rolling elements multiplied by the speed of the cage. The frequency of the test
fixture must also be taken into account. During the evaluation, it was shown that the design
of the contact surface of the stationary ring (see Figure 1 pos. 7) has an influence on the
vibrations of the test cell. The contact surface of the stationary ring is provided with eight
recesses to facilitate the removal of the ring and increase the volume of the oil sump. These
interruptions in the contact surface led to jumps in rigidity when the rolling elements rolled
over the stationary ring. This results in periodic excitation, which is recognisable in the
order spectrum. The position of these individual frequencies and details of their respective
order are marked separately in Figure 5. In the evaluation, the continuous individual
measurements are combined to form a three-dimensional temporal curve and displayed
for each test. The respective test series were arranged one below the other to facilitate
direct comparability in the respective load situation. Furthermore, recurring characteristic
frequencies, such as the triple rollover frequency of the rolling element set f Rolling Element or
the multiples of the passing frequency of the rolling element set over the support surface
f Support Surface, were identified. The reason for the clear indication of the triple rollover
frequency of the rolling element set is the way in which the test cell is connected to the
four-ball apparatus. As a result of the manufacturing tolerances, the coaxiality of the drive
unit to the test cell cannot be maintained exactly, resulting in a slight radial and angular
offset of the two axes. These offsets are absorbed and compensated for by the centre point
and the centring ball. As a result, however, the multiples of the first characteristic frequency
of the bearing are excited more strongly and, therefore, appear more clearly in the order
spectrum. In test A-e1, in contrast to all other endurance tests, not the triple but the double
rolling element set frequency occurs. One possible explanation for this is a stochastic better
coaxiality of the two axes of rotation, which is why there was a double excitation.

The occurrence of rollover frequencies with several multiples shows that the test
cell has natural oscillations in the frequency range under consideration. In addition to
the passing frequency of the rolling elements, including their multiples, frequency bands
could also be determined that are caused by jumps in stiffness when rolling over the
bearing surface of the stationary ring, which is provided with pockets. Irrespective of
this, the occurrence of pronounced surface changes, such as the fluting in test A-e1 (see
Figure 5e) or the bearing failure in test series C, could be localised in time by means of
the changes in the order spectra. Minor surface changes such as fluting shading were
also characterised by an increase in individual spectra but are more difficult to iden-
tify. Overall, vibration monitoring of mechanically and electrically loaded tests is a good
complementary measurement method for localising individual phenomena over time
and quantifying their effects.

4.4. Light Load Hardness

The results of the five individual measurements and the resulting mean value are
visualised in Figure 6 and listed in Table 3. It should be noted that in test A-e1, in which
corrugations occurred on the rotating ring, the small load hardness measurement was
carried out differently. Five individual measurements were taken between the corrugations,
and five further individual measurements were taken in the corrugation valley. These
results are also listed in Table 3. For better comparability, Figure 6 shows only the small
load hardnesses between the corrugations for this test.
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Figure 5. Development of the order spectra (related to a rotation speed of 1000 rpm) over the test period.
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Figure 6. Light load hardness measured on the (a) stationary and (b) rotating bearing ring after a
loading phase of 168 h. Representation of the five individual measurements (×) and the respective
mean value (·) in accordance with Table 3.

Table 3. Results of the hardness measurements using Vickers microindentation for the stationary and
rotating bearing rings of the bearing rings of the test bearings after the loading phase of 168 h.

Designation
Light Load Hardness @Standing Ring

(in HV 1)
Mean (Single Measurement)

Light Load Hardness @Rotating Ring
(in HV 1)

Mean (Single Measurement)

A-m1 796.6 (765/851/851/726/790) 780.4 (749/689/842/833/789)
A-m2 713.8 (734/698/698/734/705) 718.4 (705/691/720/749/727)

A-e1 739.2 (749/749/734/691/773) 762.4 (749/734/815/765/749)
A-e1 in fluting area 681.2 (665/678/652/720/691)

A-e2 746.2 (773/698/798/705/757) 709.6 (698/698/720/712/720)
A-e3-a 748.0 (749/749/727/781/734) 747.2 (773/781/742/742/698)
A-e3-b 790.2 (757/815/757/815/807) 775.4 (798/727/781/773/798)
A-e4 740.2 (688/765/757/749/742) 759.0 (742/749/798/749/757)

B-m1 806.8 (798/798/781/824/833) 808.4 (815/781/815/798/833)

B-e1 790.2 (824/757/757/815/798) 790.0 (842/798/705/798/807)
B-e2 790.8 (765/861/773/790/765) 795.0 (815/790/807/773/790)
B-e3 793.2 (781/773/790/807/815) 781.6 (781/773/790/757/807)

C-m1 - 840.0 (880/773/852/815/880)

C-e1 777.0 (734/781/815/790/765) 783.2 (765/790/781/773/807)

Overall, the individual measurements in the respective tests show a scatter of around
100 degrees of hardness (<15% of the average hardness). Due to the nature of the test
using a minimum load, scattering of this magnitude is to be expected and is, therefore, not
particularly conspicuous. Furthermore, it can be seen that as the contact force increases in
the individual test series, the hardness increases. This behaviour is independent of whether
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an additional electrical load is present or a purely mechanical reference test was carried out.
This effect can be explained by the greater plasticisation of the surface roughness because
of the increase in contact pressure (see Section 4.2). This means that a larger proportion of
roughness peaks are plasticised and compacted, which is accompanied by a corresponding
increase in hardness. Figure 6 shows that the average light load hardness of the bearing
raceways is reduced compared to the mechanical reference when an additional electrical
load is applied. This behaviour can be observed in all three test series. One exception is
the mechanical reference test A-m2 (Figure 6b), which was carried out with an increased
lubricant temperature of 80 ◦C. Here, the hardness is lower than in the other tests. Overall,
however, these deviations or reductions in hardness under additional electrical stress are
within the scatter of the mechanical tests and, therefore, not so clear that a compelling
correlation can be recognised. Further tests need to be carried out in order to obtain the
necessary statistical validation.

However, there is a clear difference between the hardness in the corrugated valley and
between the corrugations. This is reduced by an average of 80 degrees of hardness in the
fluting valley compared to the raceway hardness. This may be due to the changed material
structure or the changed topography of the surface (see also Figure 4(e1)). A pronounced
sponge structure can be seen in the riffle valley, while the raceway was electrically smoothed
in the areas in between.

Overall, the influence of the electrical load on the near-surface hardness cannot yet
be conclusively determined from this series of tests. However, it seems appropriate to
investigate this parameter in the future.

4.5. Wear Weight

Table 4 summarises the weights of the two bearing rings and the rolling element,
including the cage, before and after the tests. Only minimal changes in the single-digit
milligram range were observed between the measurements; no correlation with the cur-
rent flow can be recognised. It should also be noted that even in test A-e1, despite the
pronounced fluting, no detectable difference in weight could be recorded.

Table 4. Change in weight (in grams) after the loading phase of 168 h with comparison to the weights
of the components after the run-in phase.

Designation
Mass after Run-In/g
(Figure 1—6a/6b/6c)

Mass after Load
Phase/g

(Figure 1—6a/6b/6c)

Delta/g
(Figure 1—6a/6b/6c)

A-m1 89.413/76.958/83.486 89.411/76.937/83.486 −0.002/−0.021/0.001
A-m2 - - -

A-e1 88.846/76.935/83.817 88.847/76.905/83.818 0.001/−0.030/0.001
A-e2 89,221/76,828/83,453 89,219/76,760/83,455 −0.002/−0.068/0.002

A-e3-a - - -
A-e3-b 89,317/76,525/83,718 89,317/76,477/83,719 0.001/−0.047/0.001
A-e4 - - -

B-m1 88,751/76,331/83,350 88,750/76,328/83,351 −0.001/−0.003/0.001

B-e1 - - -
B-e2 89,512/76,924/83,814 89,510/76,872/83,810 −0.002/−0.052/−0.004
B-e3 89,938/76,804/83,502 89,934/76,810/83,495 −0.004/0.007/−0.006

C-m1 89,380/76,408/83,614 89,380/76,380/83,619 −0.001/−0.028/0.005

C-e1 88,916/77,009/83,429 88,916/76,971/83,431 0.000/−0.038/0.002

5. Discussion of the Findings

Based on the investigations conducted on the electrical load and its interaction with the
changes occurring in the components due to current flow, the following partial conclusions
and evaluations can be drawn.
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5.1. Surface Topography—Significant

The use of a topographical measurement (in this case by means of a confocal micro-
scope) of the surface shows a decisive added value in the classification of the change in
surface roughness as a result of an electrical load. The comparison of the Abbott–Firestone
curves of the running-in phase with those of the loading phase clearly shows the influence
of the electrical–mechanical load (see Figure 4). The comparison with the mechanical
reference tests, in particular, once again shows the significant influence of the additional
electrical load. Based on the evaluation of the surface characteristics, it appears advisable
in the context of the present tests to use the surface parameters of the reduced peak height
(Spk) and the reduced valley height (Svk) to classify the effect of the electromechanical load
on the surface topography.

5.2. Acceleration Analysis—Assisting Interpretation

With the help of the vibration analysis, the first occurrence of pronounced surface
changes, such as the fluting in test A-e1 or the bearing failure in test series C, could be
localised in time based on changes in the order spectra. It also confirms the smoothing
observed in the surface examination, which is characterised by a decreasing amplitude of
the vibrations. At the same time, localised track changes led to the formation of new bands,
and the ripple shading observed in some tests manifested itself in a comparable form. By
analysing the rollover frequencies, it was possible to determine that the test setup has
vibrations in the evaluated frequency range during operation. In addition to the passing
frequency of the bearing rings, including several multiples, frequency bands could also be
determined that are caused by jumps in stiffness when rolling over the bearing surface of
the stationary ring, which is fitted with pockets.

Furthermore, a possible cross-correlation between the occurring electrical load, the oc-
curring surface topography and the temporal occurrence of individual vibration amplitudes
in the order spectrum could be demonstrated.

5.3. Light Load Hardness—Further Research Necessary

As expected, the surface hardness of the bearing raceways also increases with an in-
crease in contact pressure. This effect is due to the increasing compaction and plasticisation
of the roughness peaks because of the increased contact force. It was also observed that
the minimum hardness in the tests with additional electrical load was reduced by up to
5% compared to the mechanical reference tests. Due to the high scatter of the individual
measurements, however, it is not possible to clearly determine whether this effect is a
consequence of the electrical load or whether it is a statistical uncertainty. However, the
significantly lower hardness in the centre of the corrugation (11% lower) than in the areas
between the individual corrugations, where the initial raceway is still present, seems clear.

The extent to which the change in the topography of the surface or the increased
thermal load on the material is the cause of this could not be conclusively clarified. However,
the series of measurements suggests that the material change caused by the electrical load
should be investigated in more detail.

5.4. Wear Mass—Possibly Too Short Test Duration

The results of the weight determination allow several possible interpretations; for
example, the selected test time may not have been sufficient for detectable wear, or the
temperature associated with the electrical load may have led to a forming process of the
surface, which is why the roughnesses are only plastically deformed.

6. Conclusions

This study examined the effects of electrical loads on the surface topography and
material properties of thrust ball bearings under various operating conditions. The results
demonstrate that electrical loads can cause significant changes in surface roughness and
hardness of the bearing raceways, leading to accelerated component damage. These
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findings highlight the need to consider electrical loads in the design of rolling bearings to
avoid unexpected failures and over-dimensioning.

It is important to note that these results are based on a series of measurements that
show the effects of current passage on metallic components under real load conditions.
However, since only a limited number of tests were conducted, including a single repeat
test, no statistically robust conclusions can be drawn regarding the correlation between
surface changes and electrical load. Instead, the results illustrate more general effects
induced by electrical influences.

In conclusion, it can be stated that, in addition to the precise analysis of the electrical
loads and the vibrations developing over the test period, the changes in the surfaces of the
contact partners are one of the most meaningful characteristics of the electromechanical
loads. The influence of the electrical load on the light load hardness and wear could not be
fully clarified within the scope of this article. The associated impact of these effects on the
service life of the components will be the subject of future research.
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