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Abstract: This study has investigated the influence of journal bearing wear on the dynamic behaviour
of a flexible rotor with a central disc. Rotors supported on journal bearings are susceptible to self-
excited whirling, leading to unstable conditions. Prior knowledge of the stability limit speed is
important to avoid the excessive vibration of rotating machines. For the study in this paper, journal
bearings were lubricated with powder owing to high-temperature applications where conventional
oil lubricants would fail to perform. The governing equations for lubrication were derived using a
simplified grain theory based on the theory of dense gases. The rotor shaft was discretized considering
Timoshenko beam elements. Modal analysis was conducted to obtain the system’s natural frequencies,
mode shapes, damping factors, stability limit speed, and unbalance response. This study has also
evaluated the influence of wear depth on the dynamic behaviour of the rotor shaft system and found
that bearing wear significantly affects the stiffness and damping characteristics of lubricating film.
Consequently, free and forced vibration behaviour is also affected. It has been found that increased
wear depth improves stability limit speed but has little influence on the unbalance response.

Keywords: journal bearing; powder lubrication; flexible rotor; modal analysis; stability

1. Introduction

Journal bearings exhibit excellent lubrication and load-bearing capabilities, due to
which it is commonly used to support heavy rotating equipment such as steam turbines
and industrial gas turbines. However, when exposed to high temperatures, conventional
lubricating oils may deteriorate and become ineffective. Under such circumstances, powder
lubricants can be a viable alternative, as they perform well in high-temperature environ-
ments [1-3]. Moreover, bearing wear can occur due to extended periods of operation or
frequent start/stop cycles, which can influence bearing clearance and ultimately change
the dynamic behaviour of rotor-bearing system. The present study explores the influence
of bearing wear on the dynamic behaviour of a rotor-bearing system.

Modelling powder flow is complicated for many reasons; thus, several researchers have
attempted to develop governing equations using continuum and discrete approaches [4]. In
the context of the application of powder flow in bearing lubrication, the simplest yet most
powerful theory explaining the general features of grain flow is due to Haff [5], who utilized
the theory of dense gases to analyse granular flow, incorporating a microscopic model to
relate the parameters present in conservation laws. The performance of a slider bearing was
investigated using Haff’s model, and analytical solutions were obtained for an infinitely
wide slider [6]. For journal bearings lubricated with powders, a closed-form lubrication
equation was developed by Tsai and Jeng [7,8], and their numerical results were validated
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with the experimental findings of Heshmat and Brewe [9]. Higgs and Tichy [10,11] used
a slightly different continuum approach to develop a granular kinetic lubrication model
with appropriate rheological constitutive equations for stress in a thin shearing flow of
granular particles. A robust numerical code using the finite difference method for simple
shearing flows has also been developed. Sawyer and Tichy [12] conducted a study involving
continuum and particle analyses, comparing their results with those of prior experiments.
Although the load-carrying capacity and shear force predicted by both models were higher
than those in the experimental data, the trends and orders of magnitude were similar.
Recently, the force chain characteristics of shearing granular media have been studied for
parallel sliding friction pairs [13], journal bearings [14], and Taylor—Couette geometry [15]
using the discrete element method.

Modal analysis is a powerful method to evaluate the natural frequencies and responses
of multi-degree freedom systems. Irretier [16] developed a comprehensive mathemati-
cal framework for applying modal analysis to rotating systems. Rotating systems have
asymmetrical and speed-dependent system matrices, making their modal characteristics
speed-dependent as well. Rotors supported on journal bearings require an evaluation of
bearing coefficients, which depend on both speed and bearing geometry. These bearing
coefficients are necessary for the correct estimation of the dynamics of the machine. The
theoretical evaluation of bearing coefficients is restricted to short bearing approximation
(length-to-diameter ratios of less than 0.5) and can be found in refs. [17,18]. For a finite
bearing, coefficients can be evaluated numerically using the perturbation technique [19,20].
Negatively cross-coupled stiffness tends to destabilize the whirling of rotors due to a tan-
gential force acting in the direction of the whirl orbit. The magnitude of the tangential force
will increase with the spin speed; thus, after a certain speed, the rotor will become unstable.
EI-Shafei et al. [21] conducted an experimental study to explore the factors that contribute
to the instability in a journal bearing that supports a flexible rotor.

Bearing wear, caused by prolonged operation or repeated start/stop cycles, affects
bearing clearance and dynamic coefficients. A model for wear geometry was developed
by Dufrane et al. [22] after they measured the wear in the bearing of a steam turbine. The
same model was verified by Hashimoto et al. [23], who studied the effects of wear on the
performance parameters of laminar as well as turbulent regimes. A thermo-hydrodynamic
analysis of worn journal bearings was carried out by Fillon and Bouyer [24], and it was
found that up to 20% of wear had little influence on performance parameters but wear
of more than 20% reduced the temperature inside the film. Papadopoulos et al. [25]
proposed a method for detecting wear in hydrodynamic bearings based on the analysis of
measured rotor responses at specific locations. Gertzos et al. [26] introduced a graphical
technique to identify the wear depth associated with the measured performance parameters.
Chasalevris et al. [27] found that worn bearings have additional frequency components
in the continuous wavelet transform (CWT) of measured responses. Recently, Machado
et al. [28,29] examined the influence of wear on the response of a rotor-bearing system
using a slightly modified wear model introduced by Dufrane et al. [22]. This wear model
considered a slight angular shifting of wear towards the right to match practical conditions.
In another study, Machado et al. [30] utilized the response spectrum to diagnose wear.
Konig et al. [31] presented a new numerical method to predict wear in journal bearings
during steady-state operation. This method considers wear on both the macroscopic and
asperity contact scales and shows that reduced asperity interaction due to wearing-in
leads to higher accuracy of wear prediction. In recent times, machine learning, along with
vibration signals, has emerged as a viable method for condition monitoring and wear fault
diagnosis. Gecgel et al. [32] proposed a framework using a deep learning algorithm to
classify wear faults in hydrodynamic journal bearings using simulated vibration signals,
which can be a promising tool for wear fault diagnostics in journal bearings. Mokhtari
et al. [33] presented the use of machine learning algorithms applied to Acoustic Emission
(AE) signals for monitoring friction and wear of journal bearings in jet engines containing
a gearbox. Konig et al. [34] discussed the use of Acoustic Emission (AE) technique and
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machine learning methods for wear monitoring in sliding bearing systems. The study
achieved high accuracy and sensitivity in detecting and classifying wear failure modes,
including running-in, inadequate lubrication, and particle-contaminated oil.

Previous studies have focused on conventional oil lubricants. However, this work aims
to investigate the dynamics of rotors supported on journal bearings with powder lubricants.
The wear depth influences the bearing coefficients, which further influences the dynamics
of the complete system. Thus, the influence of wear on the modal characteristics is also
examined. The rotor-shaft system is modelled using Timoshenko beam elements, and each
node is assigned four degrees of freedom. The equations of motion, which are obtained by
assembling system matrices, are utilized to evaluate eigenvalues, modal damping factors,
stability limit speed, and unbalance response.

2. Mathematical Model
2.1. Grain Theory

Halff [5] developed a simple grain theory that treats grain flow as a fluid mechanics
problem. The laws of mass, momentum, and energy conservation were employed to
examine granular flow. Constitutive equations were obtained from a microscopic model of
grain—grain collisions, using the kinetic theory of dense gases. With assumptions such as
grain particles being cohesionless identical spheres of diameter d with negligible separation
s, and considering a fluctuation velocity v of grain particles together with the bulk flow
velocity V, it can be shown that the relations for the pressure p, viscosity 7, thermal
diffusivity K, and energy lost per unit volume per second I can be written as follows (see
ref. [5] for details):

AP S S
p=tdp—;n=qdp_; K=rd"—; I =2yp— €3]
where, t, g, ¥, and 7 are dimensionless constants. The term g is collision rate.

Flow velocities u, v, and w vary gradually from point to point in the flow field. Since
viscous forces are due to relative motion between two layers, they will take the same form
as in a hydrodynamic system [5]. Continuity, momentum, and pseudo-energy equations
for granular flow are written as,

ou Jdv  dw

Du  op o[, (ou d du  ov a ow | du

oo o e 2(5) (G 5 b5 5 ves @

Dv  9p o[ (ou v ] ow  Jv

o=y a1 )| (G (G R

Dw  dp 9 ou ] v ow ) ow

oo =) (G R Ep(E) e 0
= [k (@] + 2k (@] + 2[ka (2
)= el (5] + i (5 )| + 3[R ()

9 o 9 9 9 9 0 0
U(a%*‘ﬁ)"‘w(aiz'*‘%’)] +@’7[”<ﬁ+az>+2vay +w(az+ aﬁj)] (6)

9, 9,

a—’fc’)+v g—z+a—zj)+2wa—i’] —ugk — g - 0 + p(ufy +ofy +wf) — 1

In Equations (3)-(6), ;o7 = % + u% + v%/) + w% represents total derivative.
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2.2. Application to Bearing Lubrication

The schematic of a worn journal bearing is shown in Figure 1. Following simplifying

assumptions are considered to derive a governing equation similar to the classical Reynolds
equation of hydrodynamic lubrication.

1.
2.
3.

Inertia forces and body forces can be neglected in comparison with viscous forces.
Pressure is considered constant across the film.

Ju du dv dv Jv Jw Jw : : . ol : :
The terms ax’ 9z 9w’ dy 927 w7 9z and their derivatives are negligible in comparison
with §% a” aw and their derivatives.

The term gz, 9 and their derivatives are negligible in comparison with av.

With these assumptions, Equations (3)—(6) can be reduced to the following;:

dp 0 [ ou

7= (7%) 7
dp 9 [ odw

%= (1) ®
5y _

{Y

Figure 1. Schematic of a worn journal bearing.

Treating viscosity # in Equations (7) and (8) as the average value across the film [8,35],

the modified Reynolds equation is obtained as (see ref. [35] for details) the following;:

) ,1dp p1dp\ _Uodh  oh
8x<‘¥h p8>+az<‘}{hpaz "2 T (10)

e”h+e oh_p _1 [
where‘F—éq\/73< e ), 0= g\ 7

Film forces can be obtained through the integration of pressure over the bearing

surface as written below.

L r2m
Fy = /0 /O (p — pa) cos @ Rdfdz 1)
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L p27
fyz/ / (p — pa) sin Rd6dz (12)
JOo JO

The resultant film force on the bearing surface is obtained as the following:

F,=\/F2+F2 (13)

Shearing force on the bearing surface is obtained through the following relation:

=2t (15)

Stiffness and damping coefficients of the powder film are obtained using the finite
perturbation technique [19,20]. With very small perturbations of displacements (AX, AY)
and velocities (AX, AY) about the steady state position (X, Y) of the journal centre, bearing
forces (Fx, Fy) are obtained. Employing central difference, coefficients of stiffness and
damping are written as,

_ 9Fy _ Fx(X+AX,Y,0,0)—Fx(X—AX,Y,0,0)
Kxx = 3% = 2AX
_ OFx _ Fx(X,Y+AY,00)—Fx(X,Y—AY,0,0)
Kxy =3 = 2AY
_9F _ Fy(X+AX,Y,00)—Fy(X—AX,Y,0,0)
Kyx =3x = 2AX
R _ Fy(X,Y+AY,0,0)—F (X,Y—AY,0,0)
Kyy =%y = 2AY
Cry — 2Fx — FEx(XY,AX0)-Fx(X,Y,~AX,0) (16)
XX = 9% 28X
Cuy — 9 _ Fx(X,Y,0,AY)—Fx(X,Y,0,—AY)
XY= %y 28y
Cow — O _ Fy(X,Y,AX,0)—Fy (X,Y,—AX,0)
YX ™ 9% 20X
Coy — O _ Fy (X,Y,0,AY)—Fy (X,Y,0,—AY)
oy 20Y

2.3. Modelling of Bearing Wear

Dufrane et al. [22] proposed a mathematical model for bearing wear after careful
experimentation which was validated experimentally by Hashimoto et al. [23]. An addi-
tional depth 6h in the angular span from 05 to 0 (see Figure 1) is incorporated for the film
thickness and is written as,

1+ Xcosf+Ysin® for 6 < 65,6 > 6

h=
h=(X—1)cos+Ysin0+dy forbs <6 <6

(17)

where, X = Z( /cand Y = Y/c are the normalized coordinates in the X — Y coordinate
system, and dy = dy/c is the normalized maximum wear depth. The range of angular
position of the worn region (6s and 6y) is determined by the solution of the equation,

cosf=dy—1 (18)
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2.4. Modal Analysis of Rotors

Modal analysis is a powerful method to decouple equations of motion through a
coordinate transformation using a modal matrix. The uncoupled equations are solved
independent of each other in the modal coordinates and then solutions are combined to
obtain the response of the original system. Unlike non-rotating structures, the rotating
systems are Non-Self Adjoint (NSA) systems wherein both right and left eigenvectors are
required for modal analysis.

The shaft has distributed mass and stiffness due to flexibility. The shaft is modelled
using a two-noded Timoshenko beam element having four degrees of freedom (x, y, 0x, Gy)
at each node. The nodal displacement vector q, can be written as,

T
9 = {x, Vi O, Oy, X1, Yien Ox, Oyl ) (19)

The equations of motion were written for each element and then assembled with
boundary conditions to obtain the equations of motion as,

Mq(t) + Cq(t) + Kq(t) = £(t) (20)

where, M = Mt 4+ Mg, C = Cg + OG, and K = K + Kg

The mass matrix M consists of translatory Mt and rotary inertia Mg matrices. The
overall damping matrix C consists of the gyroscopic matrix G, and the bearing damping
matrix Cp. The overall stiffness matrix K is the sum of the bearing stiffness matrix Kz and
the shaft stiffness matrix Ks. Q) denotes the spinning speed. q(t) and £(¢) are the global
displacement and force vectors. The state-space form of Equation (20) is written as [36],

u(t) = Au(t) + Bf(t) (21)
where A = {7M0,1K flelC}; B = [Mo,l}; u(t) = {38} By setting f(t) = 0 in

Equation (21), the equation of motion for free vibration is obtained as,
u(t) = Au(t) (22)

The solution of Equation (22) results in an eigenvalue problem Au; = Aju;, where A;
is the eigenvalue and u; is the corresponding eigenvector. The adjoint eigenvalue problem
ATv]- = Ajv; has same eigenvalues but different eigenvectors because A is generally a
non-symmetric matrix (AT £ A). Eigenvectors uj, up, - -+ ,up, and vy, vy, - -+, vy, are
known as right and left eigenvectors, respectively. Constructing matrices of eigenvalues

A = diag[A Ay -+ Agyl, right eigenvectors U = [uj up --- up,], and left eigenvectors
V = [vq vy - - vy, as the biorthonormality condition is expressed as,
viu=1
VIAU = A @3

The solution of the state vector u(f) in Equation (21) can be assumed as a linear
combination of &;(t)u;, where ;(t) is the modal coordinate. Thus, u(t) is written as,

2n

u(t) = Y &i(Hu (24)
-1

Substituting Equation (24) into Equation (21), and premultiplying throughout by V7,
the following equation is obtained.

VTUE(t) = VTAUE(t) + VTB£(t) (25)
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Using the biorthonormality condition given in Equations (23) and (25) can be trans-
formed to

§(t) = AZ(t) +n(t) (26)
where n(t) = VTBf(t) is known as the modal excitation vector. Independent modal

equations can be extracted from Equation (26) as,

&) = M&i(t) +mi(t); i =1,2,--- ,2n (27)

where n; = vIBf(t). Considering f(f) as a harmonic force with frequency w, the steady
state response ;(t) is given below:

vIBf(t)
1w — A

Gi(t) =

(28)

Substitution of Equation (28) into Equation (24) provides the solution of state vector
as,

2n uiviT

i=1

3. Computational Procedure

The modified Reynold’s Equation (10) is discretized using finite difference method,
and the resulting algebraic equations are solved for pressure iteratively with successive
over-relaxation. The criterion for convergence of pressure in the lubricating film is chosen
as,

_;1_21 (pI])N - (pirf)N‘

s e <e (30)
T | (i)
i=1j=1

where i, j are indices of grid points, and m, n are the total nodes in 6 and z directions,
respectively. €, is the error in pressure between successive iterations, and N is the iteration
number. The grid size used in the present study is 161 x 51, which is determined after a
grid-independent test.

After computing the pressure field, film forces are obtained through numerical inte-
gration of Equations (11) and (12) using Simpson’s rule. Once the steady-state data are
computed, a finite perturbation of displacement and velocity is provided, and the above
steps are followed to obtain film forces with perturbed parameters. Displacement and
velocity perturbations of 0.001c and 0.001c(), respectively, are considered in the present
work. Bearing coefficients are then evaluated using Equation (16).

After computing the stiffness and damping coefficients of powder film, elemental
matrices of shaft and disc elements are computed. After assembling elemental matrices
into global matrices and applying the boundary conditions, eigenvalue analysis is carried
out to find the natural frequencies, mode shapes, modal damping factors, and unbalance
response. A flowchart depicted in Figure 2 outlines the entire computation process.
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START o
Input parameters
given in Table |
1
Assume initial
attitude angle (¢)
1
Initiate the variables: Compute e

h,p bearing coefficients
! l
Obtain system matrices
]
Assemble matrices and
apply boundary
conditons

!

Perform modal analysis

l

Plot results

adjust ¢

Iterate for pressure (p)

Evaluation of bearing
forces

Figure 2. Flowchart of computation.

4. Results and Discussion

Figure 3 shows a simple model of a rotor-shaft system studied in this work. It is
a slightly modified rotor obtained from Rao [17]. The model consists of a flexible shaft
mounted on identical journal bearings at the ends. A disc of mass 1, is mounted at the
centre of the shaft of length Ls. The effect of bearing wear is studied for three different cases
of worn bearings with (i) dy = 0.1, (ii) dg = 0.2, and (iii) dy = 0.3, in addition to smooth
bearing. The data used in the computation is provided in Table 1. The correctness of the
present results is validated with the published work of Tsai and Jeng [8]. A comparison
of the coefficient of friction is shown in Figure 4. It can be seen that results are in good
agreement, which verifies the correctness of the present results.

L, |
Mg
] —d.
Bearing 1 Bearing 2
Disc

Figure 3. Rotor-bearing system supported on identical journal bearings.
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Table 1. Input data.

Parameter Notation Unit Value
Shaft diameter ds mm 34.0
Shaft length Ls mm 1000
Disc mass mgy kg 20.4
Rotor unbalance Mgy kg-m 0.02
Bearing length L mm 34.0
Bearing diameter D mm 34.0
Radial clearance c mm 0.1
Maximum wear depth dy - 0.1,0.2,0.3
Grain diameter d pm 1.0
t/q 1.0
v/ 0.0004
B/U 4.0

L/D = 1/4 (Present)

L/D =1 (Present)

L/D =2 (Present)

L/D = 1/4 (Tsai and Jeng, 2006)
L/D =1 (Tsai and Jeng, 2006)
L/D =2 (Tsai and Jeng, 2006)

0.8

0.6

o
o
<

Coefficient of friction ( f)

&
0.1 02 03 04 05 06 07 038
Eccentricity ratio (¢)

Figure 4. Comparison of present results with published work of Tsai and Jeng [8].

For a particular rotor spin speed under steady-state conditions, the journal centre takes
a position inside the bearing, which is quantified by the eccentricity e and the variation in
eccentricity ratio ¢ with rotor spin speed, and is shown in Figure 5. As the speed increases,
the journal centre comes closer to the bearing centre, resulting in a smaller eccentricity ratio.
This is observed for all the four cases shown in Figure 5. The variation in attitude angle
with journal speed is shown in Figure 6. It can be seen that the attitude angle increases
with increasing speed implying that journal centre moves away from the vertical load
line. Moreover, there is a decrease in attitude angle with bearing wear. Bearing wear has a
significant influence on journal eccentricity, and as the wear depth is increased, there is a
wider clearance gap and the journal settles farther from the bearing centre. The steady-state
positions of the journal centre for different eccentricity ratios and wear depths are depicted
in Figure 7. The position of the journal centre shifts towards the vertical line passing
through the bearing centre as wear increases. At very high eccentricity (e > 0.8) (which
corresponds to very low speed), the journal tends to settle near the bottom of the bearing.
However, with the worn condition, the journal finds some extra space in the worn region,
and due to hydrodynamic action, it shifts slightly to the right. This increases with increased
wear depth and can be seen in Figure 7. Fillon and Bouyer [24] found similar results for
oil-lubricated worn journal bearings.
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The film thickness and pressure profile at the bearing mid-plane (z = 0.5) for different
worn conditions and speeds are shown in Figure 8. Film thickness modifies according to
wear profile, and pressure profile is subsequently affected resulting in changes in the overall
dynamics. At lower speeds, pressure is concentrated near the minimum film thickness.
With the increase in speed, pressure is more distributed along the circumference. Figure 9
shows the pressure contours of all the cases to have a better picture of the overall pressure
distribution.
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Figure 8. Film thickness and pressure profile at the bearing mid-plane (z = 0.5). (a) /i vs. 6§ at
N = 1000 rpm, (b) 7 vs. 6 at N = 1000 rpm, (c) /1 vs. 6 at N = 2000 rpm, (d) p vs. 6 at N = 2000 rpm,
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Figure 9. Pressure contours on the unwrapped bearing surface for various speed and worn
depth conditions.

To study the dynamic behaviour, it is important to evaluate the bearing coefficients
since bearing coefficients play an important role in predicting the stability and vibration
response of rotating machinery. The stiffness of a lubricant film primarily relies on its
film thickness, where a thinner film results in a higher stiffness. The stiffness coefficient
generally decreases as the speed increases due to the increase in film thickness. This is
seen in Figure 10. The influence of bearing wear is also substantial because worn bearing
influences the film thickness. With the increase in wear depth, the stiffness coefficient is
seen to increase. Wear also influences the damping coefficients as shown in Figure 11.

The Campbell diagram of four cases, (i) smooth bearing, (ii) dy = 0.1, (iii) dg = 0.2,
and (iv) dp = 0.3, are shown in Figure 12, wherein the whirl frequencies (imaginary part
of the eigenvalues) for the first four modes are plotted against rotor spin speed. The
synchronous whirl line (SWL) is also shown by a dashed line. The intersection of SWL
with the whirl frequencies provides the critical speeds. The values of critical speeds and
corresponding whirl frequencies are also indicated. In the subcritical region, which is on
the left side of the critical speed, there are two whirl frequencies below the SWL. These
are the whirl frequencies due to journal bearing and which increase with rotor spin speed.
The whirl frequency corresponding to the first mode is approximately half of the rotor
spin speed. The third and fourth whirl frequencies are above the SWL and represent the
bending modes of the rotor. Bearing wear influences the whirl frequencies associated
with bearing modes (I and II modes before veering, III and IV modes after veering). At a
particular speed, there is a slight decrease in the whirl frequency associated with bearing
modes. The whirl frequencies associated with shaft-bending modes are unaffected by
bearing wear.
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Rotors generally exhibit two different kinds of whirling modes known as Forward
Whirl (FW) and Backward Whirl (BW). In the subcritical region, the fourth mode is the
BW mode, which is the bending mode of the rotor—shaft structure. The whirl frequency
lines seem to cross one another after certain speeds, but in reality, they swap their trends,
a phenomenon known as curve veering. The curve veering phenomenon is seen in the
post-critical region, near approximately twice the critical speed. The veering near twice
the critical speed is also seen in conventional oil-lubricated journal bearings supported
rotor [37]. Mode shapes are obtained from eigenvectors obtained through eigenvalue
analysis. Nodal values of x and y displacements are extracted from eigenvectors. These are
generally complex values implying a rotation. These values are multiplied with coordinates
of a unit circle in the transverse plane whose real parts are the coordinates of ellipses shown
in Figure 13 [18]. The mode shapes corresponding to the first four modes are shown in
Figure 13 for 2500 rpm and 3200 rpm spin speed of rotors, which are before veering and
after veering. The swapping of mode shapes can be clearly seen in this figure.

The variation of modal damping factors (MDF) of the first four modes with rotor spin
speed is shown in Figure 14. A positive value of MDF implies a stable system as the energy
of the system dissipates and a negative value of MDF implies an unstable system as the
energy of the system increases through the whirling of the rotor. The onset of instability is
defined by the stability limit speed (SLS), which is the rotor spin speed at which the MDF of
any of the modes become negative. From Figures 12 and 14, it may be noticed that the SLS
is nearly twice the critical speed similar to what is seen in rotor supported by oil-lubricated
journal bearings [37]. The modal damping factor in the case of powder-lubricated journal
bearings is generally on the higher side as compared with oil-lubricated bearings.
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Figure 13. Mode shapes of first four modes at rotor spin speed of 2500 rpm and of 3200 rpm for
smooth bearing (FW—Forward Whirl, BW—Backward Whirl).
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Figure 14. Modal damping factor for first four modes vs. rotor spin speed for (a) smooth bearing,
(b) bearing with dy = 0.1, (c) bearing with dy = 0.2, and (d) bearing with dy = 0.3.

Figure 15 shows the critical speeds and SLS for the four cases. Critical speeds are
almost unaffected by bearing wear because these are the natural frequencies associated with
shaft-bending modes. However, SLS is increased with increased wear depth. The negatively
cross-coupled stiffness coefficient Ky x tends to destabilize the system by providing a force
in the direction of whirling. All other coefficients have positive values, which means their
forces will act towards equilibrium and bring the journal towards equilibrium. Only Kyx
becomes negative at higher speeds, which means a force will act on the journal that will
move it away from the equilibrium position. Once this force becomes sufficiently high to
balance all other forces, the journal will move away from the equilibrium, and thus, an
unstable condition will arrive. As previously seen in Figure 10c, the value of Kyx becomes
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negative at a higher speed, for bearing with larger wear depth. Hence, rotors supported on
bearings with larger wear depth are more stable.
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Figure 15. Critical speed and stability limit speed (SLS) for different cases.

The unbalance response (UBR) at the location of disc is shown in Figure 16. There
is a clear peak near the critical speed. The bearing wear has very slight influence on the
unbalance response, and the amplitude is slightly increased with increased wear depth.
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Figure 16. Unbalance response at the location of the disc.

5. Conclusions

In this paper, a rotor supported on worn journal bearings lubricated with powders is
analysed for stability and modal characteristics. The rotor-shaft system is discretized using
finite element method, and an eigenvalue analysis is performed to determine its modal
characteristics. The system matrices are dependent upon rotor spin speed; hence, whirling
frequencies and mode shapes vary with speed too. There is a swapping of mode shapes
near twice the critical speed. It is also found that with increased wear depth the eccentricity
ratio increases, attitude angle decreases, and stiffness coefficients increase. Worn bearing
increases the stability limit speed in comparison with smooth bearing. Bearing wear has a
very insignificant influence on critical speeds and unbalance response. The amplitude of
unbalance response increased only slightly with increased wear depth.
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The present study is carried out considering the linearised bearing coefficients, and
future studies will consider the non-linearities in the bearing and a transient analysis with
varying speeds.

Author Contributions: Conceptualization, FR.; Data curation, E.R.; Formal analysis, FR. and EM.;
Investigation, ER. and J.G.; Methodology, ER. and E.M.; Resources, EM. and J.G.; Software, ER. and
J.G.; Validation, ER.; Writing—original draft, ER.; Writing—review and editing, FR., EM., and J.G.
All authors have read and agreed to the published version of the manuscript.

Funding: This research received no external funding.
Data Availability Statement: Not applicable.

Conflicts of Interest: The authors declare no conflict of interest.

References

1.  Wornyoh, E.Y.A; Jasti, V.K; Higgs IlI, C.F. A Review of Dry Particulate Lubrication: Powder and Granular. J. Tribol. 2007, 129,
438-449. [CrossRef]

2. Heshmat, H. Tribology of Interface Layers; CRC Press, Taylor and Francis Group: Boca Raton, FL, USA, 2010.

3. Rahmani, F; Dutt, ] K.; Pandey, R K. Performance Behaviour of Elliptical-Bore Journal Bearings Lubricated with Solid Granular
Particulates. Particuology 2016, 27, 51-60. [CrossRef]

4. Tordanoff, I; Seve, B.; Berthier, Y. Solid Third Body Analysis Using a Discrete Approach: Influence of Adhesion and Particle Size
on Macroscopic Properties. ]. Tribol. 2002, 124, 530-538. [CrossRef]

5. Haff, PK. Grain Flow as a Fluid-Mechanical Phenomenon. J. Fluid Mech. 1983, 134, 401. [CrossRef]

6.  Dai, F,; Khonsari, M.M.; Lu, Z.Y. On the Lubrication Mechanism of Grain Flows. Tribol. Trans. 1994, 37, 516-524. [CrossRef]

7. Tsai, H-J; Jeng, Y.-R. An Average Lubrication Equation for Thin Film Grain Flow With Surface Roughness Effects. J. Tribol. 2002,
124,736-742. [CrossRef]

8. Tsai, H-]; Jeng, Y.-R. Characteristics of Powder Lubricated Finite-Width Journal Bearings: A Hydrodynamic Analysis. J. Tribol.
2006, 128, 351-357. [CrossRef]

9. Heshmat, H.; Brewe, D.E. Performance of a Powder Lubricated Journal Bearing With WS2 Powder: Experimental Study. J. Tribol.
1996, 118, 484-491. [CrossRef]

10. Higgs III, C.E; Tichy, J. Effect of Particle and Surface Properties on Granular Lubrication Flow. Proc. Inst. Mech. Eng. Part | |. Eng.
Tribol. 2008, 222, 703-713. [CrossRef]

11. Higgs III, C.E; Tichy, J. Granular Flow Lubrication: Continuum Modeling of Shear Behavior. ]. Tribol. 2004, 126, 499-510.
[CrossRef]

12.  Sawyer, W.G.; Tichy, J. Lubrication With Granular Flow: Continuum Theory, Particle Simulations, Comparison With Experiment.
J. Tribol. 2001, 123, 777-784. [CrossRef]

13.  Meng, E; Liu, K.; Wang, W. The Force Chains and Dynamic States of Granular Flow Lubrication. Tribol. Trans. 2015, 58, 70-78.
[CrossRef]

14. Wang, W.; Gu, W,; Liu, K.; Wang, F; Tang, Z. DEM Simulation on the Startup Dynamic Process of a Plain Journal Bearing
Lubricated by Granular Media. Tribol. Trans. 2014, 57, 198-205. [CrossRef]

15. Wang, W.; Gu, W.; Liu, K. Force Chain Evolution and Force Characteristics of Shearing Granular Media in Taylor-Couette
Geometry by DEM. Tribol. Trans. 2015, 58, 197-206. [CrossRef]

16. Irretier, H. Mathematical Foundations of Experimental Modal Analysis in Rotor Dynamics. Mech. Syst. Signal Process. 1999, 13,
183-191. [CrossRef]

17.  Rao, J.S. Rotor Dynamics; New Age International (P) Ltd.: Delhi, India, 1996.

18.  Friswell, M.I; Penny, ].E.; Garvey, S.D.; Lees, A.W. Dynamics of Rotating Machines; Cambridge University Press: Cambridge, UK, 2010.

19. Qiu, Z.L,; Tieu, A.K. The Effect of Perturbation Amplitudes on Eight Force Coefficients of Journal Bearings. Tribol. Trans. 1996, 39,
469-475. [CrossRef]

20. Rahmani, E; Dutt, ] K.; Pandey, R.K. Stability of Rotor Supported on Powder Lubricated Journal Bearings with Surface Pockets.
Proc. IMechE Part C J. Mech. Eng. Sci. 2021, 235, 2317-2329. [CrossRef]

21. El-Shafei, A.; Tawfick, S.H.; Raafat, M.S.; Aziz, G.M. Some Experiments on Oil Whirl and Oil Whip. In ASME Turbo Expo 2004:
Power for Land, Sea, and Air, Proceedings of the Turbo Expo 2004, Vienna, Austria, 14-17 June 2004; ASME: New York, NY, USA, 2008;
Volume 6, pp. 701-710. [CrossRef]

22.  Dufrane, K.F; Kannel, ].W.; McCloskey, T.H. Wear of Steam Turbine Journal Bearings at Low Operating Speeds. J. Lubr. Technol.
1983, 105, 313-317. [CrossRef]

23. Hashimoto, H.; Wada, S.; Nojima, K. Performance Characteristics of Worn Journal Bearings in Both Laminar and Turbulent
Regimes. Part I: Steady-State Characteristics. ASLE Trans. 1986, 29, 565-571. [CrossRef]

24.  Fillon, M.; Bouyer, J. Thermohydrodynamic Analysis of a Worn Plain Journal Bearing. Tribol. Int. 2004, 37, 129-136. [CrossRef]

17



Lubricants 2023, 11, 355

25.

26.

27.

28.

29.

30.

31.

32.

33.

34.

35.

36.
37.

Papadopoulos, C.A.; Nikolakopoulos, P.G.; Gounaris, G.D. Identification of Clearances and Stability Analysis for a Rotor-Journal
Bearing System. Mech. Mach. Theory 2008, 43, 411-426. [CrossRef]

Gertzos, K.P.,; Nikolakopoulos, P.G.; Chasalevris, A.C.; Papadopoulos, C.A. Wear Identification in Rotor-Bearing Systems by
Measurements of Dynamic Bearing Characteristics. Comput. Struct. 2011, 89, 55-66. [CrossRef]

Chasalevris, A.C.; Nikolakopoulos, P.G.; Papadopoulos, C.A. Dynamic Effect of Bearing Wear on Rotor-Bearing System Response.
J. Tribol. 2013, 135, 011008. [CrossRef]

Machado, T.H.; Cavalca, K.L. Modeling of Hydrodynamic Bearing Wear in Rotor-Bearing Systems. Mech. Res. Commun. 2015, 69,
15-23. [CrossRef]

Machado, T.H.; Mendes, R.U.; Cavalca, K.L. Directional Frequency Response Applied to Wear Identification in Hydrodynamic
Bearings. Mech. Res. Commun. 2016, 74, 60-71. [CrossRef]

Machado, T.H.; Alves, D.S.; Cavalca, K.L. Investigation about Journal Bearing Wear Effect on Rotating System Dynamic Response
in Time Domain. Tribol. Int. 2019, 129, 124-136. [CrossRef]

Koénig, F.; Ouald Chaib, A.; Jacobs, G.; Sous, C. A Multiscale-Approach for Wear Prediction in Journal Bearing Systems—From
Wearing-in towards Steady-State Wear. Wear 2019, 426—427, 1203-1211. [CrossRef]

Gecgel, O.; Dias, ].P.; Ekwaro-Osire, S.; Alves, D.S.; Machado, T.H.; Daniel, G.B.; de Castro, H.E; Cavalca, K.L. Simulation-Driven
Deep Learning Approach for Wear Diagnostics in Hydrodynamic Journal Bearings. J. Tribol. 2020, 143, 084501. [CrossRef]
Mokhtari, N.; Pelham, ].G.; Nowoisky, S.; Bote-Garcia, J.L.; Githmann, C. Friction and Wear Monitoring Methods for Journal
Bearings of Geared Turbofans Based on Acoustic Emission Signals and Machine Learning. Lubricants 2020, 8, 29. [CrossRef]
Konig, F.; Sous, C.; Ouald Chaib, A.; Jacobs, G. Machine Learning Based Anomaly Detection and Classification of Acoustic
Emission Events for Wear Monitoring in Sliding Bearing Systems. Tribol. Int. 2021, 155, 106811. [CrossRef]

Rahmani, F; Pandey, R.K.; Dutt, ].K. Performance Studies of Powder-Lubricated Journal Bearing Having Different Pocket Shapes
at Cylindrical Bore Surface. J. Tribol. 2018, 140, 031704. [CrossRef]

Meirovitch, L. Fundamentals of Vibrations; Waveland Press: Long Grove, IL, USA, 2010.

Chouksey, M.; Dutt, ].K.; Modak, S.V. Modal Analysis of Rotor-Shaft System under the Influence of Rotor-Shaft Material Damping
and Fluid Film Forces. Mech. Mach. Theory 2012, 48, 81-93. [CrossRef]

Disclaimer/Publisher’s Note: The statements, opinions and data contained in all publications are solely those of the individual
author(s) and contributor(s) and not of MDPI and/or the editor(s). MDPI and/or the editor(s) disclaim responsibility for any injury to
people or property resulting from any ideas, methods, instructions or products referred to in the content.

18



. lubricants

Article

Simulation Analysis and Experimental Research on Electric
Thermal Coupling of Current Bearing

Zhiwei Wang, Shuanglong Mao, Heng Tian, Bing Su and Yongcun Cui *

Citation: Wang, Z.; Mao, S.; Tian, H.;
Su, B.; Cui, Y. Simulation Analysis
and Experimental Research on
Electric Thermal Coupling of Current
Bearing. Lubricants 2024, 12, 73.
https://
doi.org/10.3390/lubricants12030073

Received: 30 January 2024
Revised: 20 February 2024
Accepted: 22 February 2024
Published: 26 February 2024

Copyright: © 2024 by the authors.
Licensee MDPI, Basel, Switzerland.
This article is an open access article
distributed under the terms and
conditions of the Creative Commons
Attribution (CC BY) license (https://
creativecommons.org/licenses /by /
40/).

School of Mechatronics Engineering, Henan University of Science and Technology, Luoyang 471003, China;
wangzw87@yeah.net (Z.W.); 15716706075@163.com (S.M.); tianheng_1988@163.com (H.T.);
subing@haust.edu.cn (B.S.)

* Correspondence: 9906172@haust.edu.cn; Tel.: +86-0379-64231479

Abstract: With the advancement of industries such as high-speed railways, new energy vehicles,
and wind power, bearings are frequently exposed to various electric field environments, leading to
the need for lubricating oil films of bearings to withstand voltage. One of the major issues caused
by the breakdown discharge process of the lubricating oil film in bearings is the generation of local
instantaneous high temperatures. This temperature rise is a key factor contributing to problems such
as high operating temperature of bearings, surface damage in the contact area, and degradation of
lubrication performance. This research article focuses on the comprehensive influence of bearing
friction and electrical factors. It establishes a heat source calculation model and a temperature field
simulation model specifically for current-carrying bearings. This study analyzes both the overall
temperature rise of bearings and the local temperature rise resulting from breakdown discharge.
Furthermore, the accuracy of the simulation analysis is verified through experiments. The temperature
field simulation and experimental results consistently indicate that electrical environmental factors
can cause an increase in the overall temperature rise of a bearing. Additionally, the breakdown and
discharge of the lubricating oil film generate local instantaneous high temperatures in the contact
area of the bearing.

Keywords: bearings; electrical erosion; equivalent circuit; electric thermal coupling

1. Introduction

With the development of industries such as high-speed railways, new energy vehicles,
and wind power, bearings are increasingly exposed to various electric field environments.
This electrical intervention can result in a new type of damage known as electrical corrosion
in bearings [1]. In sectors like high-speed railways and new energy vehicles, AC motors are
widely utilized due to their excellent operational and control characteristics when driven
by a variable-frequency power supply, which has led to significant economic benefits.
However, despite the substantial economic advantages brought about by variable-frequency
drive technology, it also has negative consequences, with electrical corrosion of bearings
being a particularly severe issue [2-4]. When the shaft voltage remains below the threshold
voltage of the bearing oil film, the bearing functions as a capacitor, and the dv/dt current
represents the charging and discharging current of the bearing capacitor. Typically, this
value is minimal and does not cause any damage to the bearing. However, when the shaft
voltage exceeds the threshold voltage of the lubricating grease film, the electrical energy
stored in the parasitic capacitor will generate a discharge pulse current, which is referred to
as the discharge bearing current [5,6]. The amplitude of the change in electric field strength
in the lubricating oil film is a crucial factor in determining the level of bearing discharge.
The breakdown field strength is influenced by several factors, including the viscosity of
the base oil, the use of additives, and humidity. The breakdown strength of the lubricating
oil film typically falls within the range of 15-50 kV/mm [7]. In the Hertz contact area of
bearings, the thickness of the oil film center is generally around 0.2-0.8 pm [8]. If the shaft
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voltage exceeds 3V, it can result in breakdown discharge in the Hertz contact area, leading
to local high temperatures and potential electrical corrosion damage to the bearing.

The issue of motor shaft current caused by frequency converters has become increas-
ingly prominent with their widespread use in driving AC motors. Since the 1990s, this
topic has received significant attention in academic reports [9,10]. Scholars have conducted
research on the phenomenon of bearing electrical corrosion during this period. Tischmacher
etal. [11] demonstrated through experiments that the thickness of the lubricating oil film
and its breakdown are influenced by the magnitude of the applied voltage, conductivity
of lubricating grease, and bearing speed. El Hadj Miliani [12] highlighted the detrimental
effects of axle current on the service life of bearings in railway locomotives and electric
vehicles. Romanenko et al. [13] analyzed the changes in the dielectric strength and chem-
ical properties of various lubricating greases under the influence of current, providing
an explanation for bearing damage. Niu K. et al. [14] described the mechanism of shaft
voltage and shaft current generation, and analyzed the associated hazards such as material
weakening, surface ablation, and lubrication deterioration, along with their relative mecha-
nisms. The calculation of the capacitance of the bearing lubricating oil film and the shaft
current is a crucial step in analyzing the phenomenon of bearing electrical corrosion. Binder
et al. [15] considered the bearing as a flat plate capacitor, with the Hertz contact surface
as the polar plate and the lubricating oil film center thickness as the polar plate spacing.
They analyzed the bearing based on this model. Lu EM. [16] developed circuit models
for ordinary bearings and insulated bearings to analyze performance indicators such as
the insulation resistance, AC voltage value, and coating capacitance of insulated bearing
coatings. Liu R.F. et al. [17] proposed a bearing capacitance calculation method based on
electromagnetic field and determined the center thickness of the bearing oil film using
the theory of elastohydrodynamic lubrication. They established a finite element analysis
model and calculated the equivalent capacitance of the bearing. Xiong F. et al. [18] took into
account the variation in the radial clearance of bearings and the eccentricity of motor air
gaps. They divided the equivalent capacitance of bearings into Hertz contact capacitance
and non-Hertz contact capacitance based on Hertz contact theory, and established a calcu-
lation model for the equivalent capacitance of bearings. From a microscopic perspective,
the bearing raceway and rolling element act as the electrodes, with the medium being an
oil film. Bearing breakdown is considered a form of fine electric spark breakdown. The
breakdown mechanism of liquid media in general electric spark breakdown is usually
explained using the electron avalanche theory [19]. Subsequently, ] M. Meek and L.B. Loeb
proposed the streamer theory to address the limitations of the electron avalanche theory in
terms of breakdown time [20]. When the lubricating oil film of a bearing is disrupted, it
can lead to local instantaneous high temperature, resulting in partial melting of the contact
area. Analyzing the temperature field of the bearing is an important step in evaluating
its performance indicators. Lei J. et al. [21] developed a steady-state calculation model for
bearings using the thermal network method. They considered various factors that affect
the friction power consumption of bearing components. Liu Y.Y. et al. [22] established the
dynamic differential equations of the double-row angular contact ball bearing based on
the rolling bearing dynamics theory. LiJ.S. et al. [23] used a local method to construct a
calculation model for friction power consumption in bearings. They established a heat
transfer model and analyzed the impact of rotational speed, axial force, and lubricating oil
temperature on the temperature rise in the bearing system. Xie Y.B. et al. [24] developed a
mathematical model for heat generation in bearings at different speeds based on friction
and heat transfer theories. They used finite element software to simulate and calculate the
temperature field distribution of bearings and bearing seats without cooling structures.
Wang Q.Q. et al. [25] established a model for bearing discharge breakdown and conducted
electric-thermal coupling simulations to determine the temperature rise at the breakdown
channel and point over time. They also proposed a method for determining the critical
current of bearing electrical corrosion. While there are numerous comprehensive theories
and methods available for analyzing the temperature fields of conventional bearings, there
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is a noticeable lack of research on the analysis of temperature fields in bearings operating
in electrical environments.

This article presents a calculation model for two types of heat sources: comprehen-
sive friction power consumption and electric heating power consumption. It provides
simulation analysis models and methods for the temperature rise in the outer ring of
the bearing and the local temperature rise in the contact area, which are then validated
through experiments.

2. Simulation Model of Heat Generation in Current-Carrying Bearings

In previous studies on temperature field analysis of bearings, researchers have often
focused solely on the power loss caused by friction. However, in the case of current-
carrying bearings, it is necessary to consider both the power consumption due to friction
and the power consumption due to electric heating. Therefore, this section presents a heat
generation model that accounts for both factors in current-carrying bearings.

2.1. Equivalent Circuit of Current Bearing

During the operation of a current bearing, a shaft current is generated. As the current
passes through the bearing, it encounters resistance, leading to energy loss. This lost energy
is converted into heat, causing the bearing temperature to increase. Hence, it is crucial to
construct an equivalent circuit for current-carrying bearings, establish a model for heat
generation due to current, and analyze it.

The insulation coating (ceramic layer attached to the outer diameter surface of the
bearing and the two outer ring end faces) capacitance, inner and outer ring resistance, steel
ball resistance, and oil film capacitance of the current-carrying bearing collectively form a
hybrid circuit during operation. In the non-load-bearing area, the surface of the steel ball is
covered by a thicker liquid film compared to the lubricating oil film in the load-bearing
area, and the capacitance can be disregarded. Hence, when constructing an equivalent
circuit, only the load-bearing area needs to be taken into account.

In the case of bearings with multiple steel balls, the capacitance and resistance between
the steel balls and the inner and outer raceways are connected in series. However, the
steel balls themselves are connected in parallel. When a bearing is coated with a ceramic
coating, the capacitance of the ceramic coating is connected in series with the equivalent
capacitance of the bearing. The equivalent circuit of a single steel ball in a bearing consists
of a combination of a capacitor and an oil film resistance. This oil film is formed by the
lubricating oil between the steel ball and the inner and outer rings. The schematic diagram
of the bearing is depicted in Figure 1.

Inner Ring

Oil Film

n OuterRing — Coating

Figure 1. Bearing schematic diagram (without cage).

According to Figure 2, the circuit model of the bearing can be represented as a parallel
connection of 1 steel ball units, combined with the inner and outer ring resistors, coating
capacitors, and resistors. From a circuit equivalence perspective, when the bearing is intact,
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the steel ball, inner and outer raceways, lubricating oil film, and coating together form the
equivalent capacitance of the bearing. The lubricating oil film primarily carries the voltage
in this state. However, when the lubricating oil film breaks down, the steel ball and inner
and outer raceways enter a resistive state with a very small resistance value. In this case,
the majority of the voltage is borne by the coating.

;

Ca Ri Ca Re Co—||Ra

R R Ra

Cor Ra Cor Re Co—— [|Ra
Cleon }[j[e

Figure 2. Equivalent model of bearing circuit.

2.2. Calculation of Current-Carrying Bearing Capacitance

Constructing an equivalent circuit and calculating the equivalent capacitance of
current-carrying bearings are important steps in the analysis. Figure 3 illustrates the
structure of the bearing and the Hertz contact deformation diagram. It can be observed
that the bearing capacitance in the bearing area can be considered as a parallel connection
of two types of capacitors. The first type is the Hertz contact capacitance, denoted as Cp,
which is formed in the Hertz contact region. The second type is the non-Hertz contact
capacitance, denoted as C,p., which is formed in the non-Hertz contact region. These
two capacitances are connected in series to obtain the total capacitance, C;;, and Coy, of the
inner and outer rings of a single steel ball. The capacitance formed by the steel ball and the
inner and outer raceway oil film is also connected in series to obtain the capacitance of a
single steel ball. The capacitance formed by the steel balls in the bearing area is connected
in parallel, ultimately resulting in the total bearing capacitance, Cp.

Non Hertz contact area S;
=T

Non Hertz contact area S,

Hertz contact area

Hertz contact area
(a) Axial (b) Radial
Figure 3. Schematic diagram of contact area between steel ball and raceway.

The steel ball and raceway experience elastic deformation upon contact, transitioning
from point contact to surface contact and eventually creating an elliptical Hertz contact
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area. The Hertz contact capacitance between the steel ball and the inner or outer raceway is

as follows: 4
g0 X € X
Chz = =" (1)
C

In the formula, ¢ is the vacuum dielectric constant, ¢, is the relative dielectric constant,
Ay, is the Hertz contact area, and /i, is the central oil film thickness.

When a bearing is only subjected to radial force, the central oil film thickness between
a single steel ball and raceway in the load zone can be calculated using the theory of
elastohydrodynamic lubrication and by considering the structure of the bearing steel ball
and raceway. The formula for this calculation is provided in reference [26].

0.53 ( 068 20.464
X

VL)

o
he = 2.69
¢ E8'073Q9ﬁ0a?<7

(1—0.61e972K) 2

In the formula, « is the viscosity pressure index of the lubricating grease; p is the density
of the lubricating grease; v is the viscosity of the lubricating grease base oil, which is related
to the temperature of the working environment of the lubricating grease; u is the average
velocity of the contact surface between the steel ball and the raceway; Ry is the equivalent
curvature radius along the rolling direction of the steel ball; Ry, is the equivalent curvature
radius in the axial plane; K is the ellipticity of the stress area; E is the equivalent elastic
modulus of the steel ball and ring; and Qmayx is the maximum load borne by the steel ball.

According to Hertz contact theory, the contact area between the steel ball and raceway
of deep groove ball bearings is elliptical [27]. Therefore, the formula for calculating the area
of the ellipse formed by contact deformation at the contact point is as follows:

Ay, = mab 3)

In the formula, a and b are the major and minor axes of the elliptical surface, respectively.

Figure 3 illustrates the plane projection of the contact deformation between the steel
ball and the raceway in the non-Hertz contact area of the bearing. When calculating the
capacitance in this area for a ball bearing, only the portion that has a notable influence on
the capacitance is taken into account. The capacitance between the steel ball and the inner
or outer raceway, within the axial and radial contact points, is determined as follows [8]:

r! / rOTgr
ChoHz = 4€o¢r 712513( (4)
) he + 5:x

In the formula, 7/ is the horizontal distance projected from this point to the surface of
the raceway when the gap thickness between the steel ball and the raceway is 100/, r is
the radius of the steel ball, and g is the raceway radius.

For both the inner and outer raceways of the bearing, there are Cy,; and C,,op;. The
total capacitance between each steel ball in the bearing area and the inner raceway is Cg;.
This capacitance is the parallel connection of the Hertz contact area capacitance of the
inner raceway and the non-Hertz contact area capacitance of the inner raceway. It can be
represented as follows:

{ Cin = Chzi + ChoHzi (5)
Con = CHze + ChoHze

The formula for calculating the equivalent capacitance of bearings is as follows:

Ci1Co1 CioCo2 CizCo3
+2 +2
Ci1 +Co1 Co+Cp Ciz+Ces

Cp = Cp1 +2Cp2 +2Cp3 = (6)

After applying an insulation coating to the outer ring of the bearing, the capacitance
of the insulation coating Ct is connected in series with the capacitance of the lubricating oil
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film of the bearing. The calculation formula for the total capacitance of the bearing Cry,; is

as follows:
CpCr

CTotal = m

The electric thermal energy loss caused by the presence of a shaft current in the current-
carrying bearing can be determined by calculating the shaft current I and the equivalent
impedance of the bearing X, based on the established equivalent circuit. As stated in [28],
the formula for calculating the current through the capacitor and the equivalent impedance
of the capacitor is as follows:

@)

du
I= CTotalﬁ 8
1
Xe= %+ 9
¢ 27TfCT0tlll ( )

In the formula, f is the frequency value of the applied excitation signal.

2.3. Calculation Model of Bearing Heat Source

In the case of grease-lubricated current-carrying bearings guided by steel balls, the
power consumption generated during operation is a combination of various factors. These
include friction power consumption caused by elastic hysteresis between steel balls and
raceways, friction power consumption caused by differential sliding between steel balls and
raceways, friction power consumption caused by spin sliding of steel balls, friction power
consumption between steel balls and cages, and friction power consumption caused by oil
film viscosity loss [21]. Additionally, current-carrying bearings may experience electrical
energy losses due to the shaft current.

Combining Equations (8) and (9), the formula for calculating the electric thermal
energy loss of current bearings due to the presence of a shaft current is as follows:

P = I*Xc (10)

The formula for calculating the total friction power consumption of ball bearings is
as follows:
Hyotey = Hp + Hp 4+ Hg + Hep + Hy + P (11)

In the formula, Hf is the friction power consumption caused by the elastic hysteresis
of the steel ball, Hp is the friction power consumption caused by the differential sliding
between the steel ball and the raceway, Hy is the friction power consumption caused by the
spin sliding of the steel ball, H,;, is the friction power consumption between the steel ball
and the cage, Hy, is the friction power consumption caused by the loss of oil film viscosity,
and Hiy, is the total friction power consumption of the bearing.

3. Simulation and Analysis of Temperature Field in Current-Carrying Bearings

In this article, we first simulate the temperature field to study the frictional heat gener-
ation in current-carrying bearings. The simulation helps us to determine the temperature in
the contact area between the bearing steel ball and the inner and outer rings. Subsequently,
we use this temperature as the initial temperature to perform electric thermal coupling
simulation on the bearings.

3.1. Temperature Field Simulation Model

This article focuses on the modeling and analysis of 6215 bearings with insulation
coatings for motors. The structural parameters of the bearing are shown in Table 1, and the
relevant parameters of the lubricating grease are shown in Table 2.

A simplified model of the bearing is illustrated in Figure 4. It comprises an air fluid
domain, a simplified model of the bearing seat, a simplified model of the bearing’s inner
and outer rings, and a lubricating grease fluid domain (consisting of the bearing cavity and
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grease storage chamber). The outermost layer is the air layer, with the outer air wall set
to room temperature. Heat exchange occurs between the air and the bearing seat through
convection. The bearing seat wraps around the bearing and the lubricating grease storage
chamber. The inner ring comes into contact with the main shaft, and the bearing seat
exhibits better heat dissipation performance compared to the shaft. The issue of shaft heat
dissipation is not taken into consideration. The lubricating grease outlet is located in the
red section on the side of the bearing, and the outlet is assumed to dissipate heat through

air convection.

Table 1. Structural parameters of bearings.

Parameter Meaning Value
d Inside diameter 75 mm
B Width 25 mm
£ Coefficient of curvature radius of inner 0.5097
raceway groove
Dw Steel ball diameter 17.462 mm
A Radial clearance 46~71 um
Ep The elastic modulus of steel 2.08 x 10! Pa
€ Vacuum dielectric constant 8.85 x 10712 F/m
D Outside diameter 130 mm
dm Bearing pitch diameter 102.5 mm
£, Coefficient of curvature radius of outer 05268
raceway groove
N Number of steel balls 11
v Dimensionless geometric parameters 0.17
M Viscosity—pressure coefficient 2.08x 108 Pa~!
e Dielectric constant of lubricating grease 2.5
Table 2. Lubricating grease-related parameters.
Parameter Value
40 °C base oil viscosity 220 mm? /s
Density 880 kg/m?
100 °C base oil viscosity 19 mm? /s

Air fluid domain

Bearing seat

Bearing outer ring

Lubricating grease
fluid domain

Bearing retainer
Ball

Bearing inner ring

Lubricating grease
outlet

Figure 4. Simplified analysis diagram of temperature field simulation bearings.

The erosion pit area between the current bearing steel ball and the raceway is very
small. In order to improve calculation efficiency without compromising simulation accuracy,
itis necessary to reasonably simplify the bearing electric thermal coupling simulation model.
When the bearing is subjected to radial load, the steel ball directly beneath the bearing
area bears the maximum load. The lubricating oil film thickness in this contact area is the
smallest, making it more susceptible to breakdown. Therefore, the steel ball and the inner
and outer local raceways in contact with it were selected as the objects of the electric thermal
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coupling simulation (refer to Figure 5a,b). Since the breakdown of the bearing oil film
only occurs locally, only a small portion of the oil film is considered when simulating the
temperature field of the bearing’s electric thermal coupling. Consequently, the simulation
model will be further simplified by focusing on a cube centered on the Hertz contact part
between the steel ball and the raceway (refer to Figure 5c). Finally, the remaining parts were
removed, and the intercepted steel balls and raceways were locally enlarged to obtain the
corresponding bearing electric thermal coupling simulation model, as shown in Figure 5d.

(b) (0 (d)

Figure 5. Simplification of bearing electric thermal coupling model.

In order to analyze the breakdown of the bearing’s lubricating oil film involving
electromagnetics and thermodynamics, a simulation analysis was conducted using Comsol.
The analysis involved adding the current physical field and transient temperature field.
The temperature and its variation patterns at different positions in the current channel
of the bearing’s lubricating oil film were analyzed. Figure 6 shows the points selected
for analysis in the current channel. Point a, located at the center of the plane where the
excitation current is applied, is the breakdown point within the current channel and serves
as the connection between the outer raceway of the bearing and the current channel. Point
B, located at the junction of the current channel and the lubricating oil film, belongs to the
outer layer of the current channel. Point c is located at the center of the current channel.
Point d, located on the other side of the penetration point that is symmetrical with point a
in the horizontal plane of the model center, serves as the connection between the current
channel and the steel ball.

Ball d.
Current path

Current | -

Lubricating oil film .\-\ = direction

Raceway

Figure 6. Electric thermal coupling simulation model.

During the operation of the bearing, the outer ring remains stationary while the steel
ball and inner raceway rotate. The contact between the steel ball and any point on the
inner and outer raceway is dynamic. This contact area experiences electrical erosion and
breakdown, which involves the establishment of a breakdown channel, breakdown, and
elimination processes. The duration of this process is determined by the relative motion
speed. Additionally, it is important to calculate the time it takes for the steel ball to roll
over the breakdown area and simulate the resulting temperature rise in the current channel
during this time.

The calculation formula for the time required for the steel ball to roll over the current
path area is as follows:

=5 (12)
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In the formula, b is the cross-sectional diameter of the current channel, which is the
short half axis of the contact elliptical surface; AV is the relative velocity of the steel ball
relative to the inner and outer raceways, which can be obtained from [26].

3.2. Simulation Results of Frictional Heat Generation Temperature Field

According to Section 2.1, the power consumption resulting from friction heat in the
bearing under the specified working conditions was calculated to be 220 W. This power was
then allocated and used to simulate the temperature distribution using the Ansys Fluent
module, as shown in Figure 7. From the figure, it can be observed that the outer ring of
the bearing reached a maximum temperature of 58.6 °C, whereas the contact area between
the steel ball and the inner raceway reached a maximum temperature of 106 °C, and the
contact area between the steel ball and the outer raceway reached a maximum temperature
of 104 °C.
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1.06+02
1.060+02
1.05e402
1.050402
1050402
1.05e402
1.05e402
1040402
1040402
1.04e402
104402
[}

contour2 ° ! °

e®o
® ole

°e

(a) Overall temperature distribution of bearings. (b) Temperature distribution of steel balls.

Figure 7. Temperature distribution diagram of bearings before turning power on.

After applying a peak voltage of 90 V and a frequency of 100 kHz to the bearing, the
electric heating generated a power consumption of 18.76 W. The temperature distribution
was obtained through temperature field simulation, as shown in Figure 8. From the figure,
it can be observed that the outer ring of the bearing reached a maximum temperature of
62 °C after applying the voltage. The contact area between the steel ball and the inner
raceway reached a maximum temperature of 110 °C, while the contact area between the
steel ball and the outer raceway reached a maximum temperature of 105 °C.
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(a) Overall temperature distribution of bearings. (b) Temperature distribution of steel balls.

Figure 8. Temperature distribution diagram of bearings after turning power on.

Under specific operating conditions, the temperature in the contact area between
the steel ball and the inner ring of the bearing surpassed that of the outer ring. This
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was attributed to the higher relative speed of the steel ball to the inner ring compared to
the outer ring. Following power activation, the temperature of all bearing components
increased, aligning with the electric heating phenomenon.

3.3. Simulation Analysis of Local Temperature Rise in the Contact Area of Current Bearing

After conducting measurements, the capacitance range of the insulation coating of
the insulated ball bearing used in the experiment was found to be between 1.3 nF and
1.6 nF. For the purpose of this article, a value of 1.45 nF was considered. When the operating
conditions included an inner ring speed of 4500 r/min and a radial load of 4.6 kN, the
calculated bearing capacitance value was as shown in Table 3.

Table 3. Calculation results of bearing capacitance.

Steel Ball Number 1 2 3
Cin/pPF 93.36 79.95 45.35
Cen/pF 79.12 67.96 38.83

Cp1~3/pF 42.83 36.73 20.92
Cp/pF 158.13
CTotaI/pF 142.58

A sinusoidal AC signal with a peak-to-peak voltage of 60 V and 90 V, as well as a
voltage frequency of either 100 kHz or 130 kHz, were applied to the bearing. The shaft
current values before and after the breakdown of the lubricating oil film were calculated,
as indicated in Table 4.

Table 4. Axis currents at different voltages and frequencies.

Voltage Peak to Peak Frequency (kHz) Unbreakable Shaft Breakdown Rear
Value (V) 4 Y Current (mA) Axle Current (mA)

60 100 2.69 27.33

90 100 4.03 41.00

60 130 3.49 35.53

90 130 5.24 53.31

The simulation model of the electric thermal coupling temperature field, as described
in Section 3.1, was established. The Comsol 6.0 software was used to simulate the electric
thermal coupling temperature field, and the relevant parameters were set according to
Figure 9.

Name Expression Value Describe
I_con 0.43e-6|m| 4.3E-7m Path length
R _con 0.2e-6[m] 2E-7m Path radius
Effective | 0,0029]A] 0.0029 A
Maximum 0.0041[A] 0.0041 A Maximum current value
Fre 100000[Hz] 1ES Hz Current frequency

Figure 9. Parameter settings for electric thermal coupling simulation.

The lubrication micro zone of the bearing experiences Joule heat loss due to current
breakdown. This heat can lead to changes in the film-forming characteristics between the
bearing steel ball and the raceway, resulting in degradation of lubrication conditions. In
severe cases, the local temperature can reach the melting temperature of the bearing steel,
causing mechanical damage and damaging the raceway and steel ball surface. To study this
phenomenon, a simulation was conducted by coupling multiple physical fields to calculate
the transient heat generated by current loss. The temperature changes at different times in the
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current path and breakdown point of the bearing model were obtained from the temperature
field. Figures 10-13 show the simulation results of electric thermal coupling at different
positions under different frequencies and voltages before and after the breakdown of the
lubricating oil film. As shown in the figures, the heat in the current path continuously increased
over time, with the temperature at each point gradually rising. The highest temperature was
observed at point ¢, which was located at the center of the path. Point a, which was the current
excitation input point, had a temperature equal to the symmetric point d at the other end
of the path. Both temperatures were lower than point ¢, but higher than point b. Point b,
located outside the current path, had the smallest current density, and the heat generated
there dissipated into the lubricating oil film. As a result, the temperature at point b was the
lowest. Eventually, the temperature at each point stabilized at around 1000 ns. The calculation
shows that it took 4415 ns for the steel ball to roll over the outer ring channel area and 2956 ns
to roll over the inner ring channel area. The black vertical dashed line represents the inner
ring, while the red vertical dashed line represents the outer ring.
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(a) Before lubricating oil film breakdown. (b) After lubricating oil film breakdown.

Figure 10. Time variation curve of channel temperature at voltage of 60 V and frequency of 100 kHz.
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Figure 11. Time variation curve of channel temperature at voltage of 90 V and frequency of 100 kHz.
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Figure 12. Time variation curve of channel temperature at voltage of 60 V and frequency of 130 kHz.
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Figure 13. Time variation curve of channel temperature at voltage of 90 V and frequency of 130 kHz.

The variation curve of the channel temperature with time is shown in Figure 10, before
and after the breakdown of the lubricating oil film under the conditions of a voltage of
60 V and a frequency of 100 kHz. For the inner ring, prior to breakdown, the temperature
at point c reached 109 °C, while the temperatures at points a and d reached 107.2 °C, and at
point b it reached 106.6 °C. After breakdown, the temperature at point c increased up to
405 °C, while the temperatures at points a and d rose up to 207 °C, and at point b, it
reached up to 160 °C. As for the outer ring, before breakdown, the temperature at point ¢
reached 107.5 °C, the temperatures at points a and d reached 105.2 °C, and at point b, it
reached 104.6 °C. After breakdown, the temperature at point c rose up to 455 °C, while the
temperatures at points a and d reached up to 225 °C, and at point b, it reached up to 170 °C.

The variation curve of the channel temperature with time is shown in Figure 11, before
and after the breakdown of the lubricating oil film under the conditions of a voltage of
90 V and a frequency of 100 kHz. For the inner ring, prior to breakdown, the temperature
at point c reached 113 °C, while the temperatures at points a and d reached 108.2 °C, and
at point b, it reached 107.2 °C. After breakdown, the temperature at point c increased up
to 797 °C, while the temperatures at points a and d rose up to 340 °C, and at point b, it
reached up to 229 °C. As for the outer ring, before breakdown, the temperature at point
c reached 112 °C, the temperatures at points a and d reached 106.6 °C, and at point b, it
reached 105.4 °C. After breakdown, the temperature at point c rose up to 915 °C, while the
temperatures at points a and d reached up to 383 °C, and at point b, it reached up to 253 °C.

The variation curve of the channel temperature with time is shown in Figure 12, before
and after the breakdown of the lubricating oil film under the condition of a voltage of
60 V and a frequency of 130 kHz. For the inner ring, prior to breakdown, the temperature
at point c reached 111 °C, while the temperatures at points a and d reached 107.7 °C, and at
point b, it reached 106.8 °C. After breakdown, the temperature at point ¢ increased up to
638 °C, while the temperatures at points a and d rose up to 287 °C, and at point b, it reached
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up to 200 °C. As for the outer ring, before breakdown, the temperature at point ¢ reached
110 °C, the temperatures at points a and d reached 106 °C, and at point b, it reached 105 °C.
After breakdown, the temperature at point ¢ rose up to 728 °C, while the temperatures at
points a and d reached up to 319 °C, and at point b, it reached up to 219 °C.

The variation curve of the channel temperature with time is shown in Figure 13, before
and after the breakdown of the lubricating oil film under the condition of a voltage of
90 V and a frequency of 130 kHz. For the inner ring, prior to breakdown, the temperature
at point ¢ reached 118.2 °C, while the temperatures at points a and d reached 109.8 °C, and
at point b, it reached 108 °C. After breakdown, the temperature at point c increased up
to 1260 °C, while the temperatures at points a and d rose up to 498 °C, and at point b, it
reached up to 311 °C. As for the outer ring, before breakdown, the temperature at point
c reached 118 °C, the temperatures at points a and d reached 108.5 °C, and at point b, it
reached 106.5 °C. After breakdown, the temperature at point ¢ rose up to 1458 °C, while
the temperatures at points a and d reached up to 570 °C, and at point b, it reached up to
354 °C.

Based on the simulated results, it is evident that the application of current to the
bearing led to an increase in temperature across different parts of the bearing. Specifically,
as the voltage and frequency of the current increased, the temperature in the contact area
between the bearing and the inner and outer rings also increased. Moreover, when the
lubricating oil film broke down, localized high temperatures occurred in the contact area.

4. Experimental Verification of Electric Thermal Coupling Temperature Field for
Current Bearing

This article uses a self-developed current bearing testing machine to conduct electric
thermal coupling temperature field tests on the current bearing, verifying the accuracy of
the above simulation model.

4.1. Test Conditions

Figure 14 presents a schematic diagram illustrating the overall structural layout of the
testing machine. The testing machine utilized in this article comprised a testing device, a
control system, a power supply system, and a measurement device. These system modules
collaborated with each other to conduct comprehensive tests on the performance of bearings
under current-carrying conditions.

JL - Temperaturs sensor

Carbon brush Signal generator

Oscilloscope

Outer ting terminal block

Radial loading device
Power amplifier

(a) Test equipment. (b) Power supply and detection device.
Figure 14. Testing and measurement equipment.

This article describes the use of a signal generator and a power amplifier to apply
excitation signals to the test bearing. The excitation current was input from the main shaft
of the testing machine through a carbon brush and output from the outer ring voltage
terminal via the main shaft inner ring steel ball outer ring coating bearing seat. This created
a closed current circuit, as shown in Figure 15, to power the test bearing. The voltage
signal changes between different parts of the bearing were measured using an oscilloscope.
Channel 1 displays the total voltage change applied to the bearing, channel 2 shows the
voltage change at both ends of the bearing coating, and channel 3 shows the voltage change
at both ends of the bearing oil film.
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220V Power Supply  Signal generator

Test bearings
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1 channel represents the total voltage
2 channel represents the voltage at both ends of the coating
3 channel represents the voltage at both ends of the Oil film

Figure 15. Experimental circuit diagram.

4.2. Results and Discussion of Outer Ring Temperature Rise Test

The current-carrying bearing performance testing machine described in Section 4.1
was utilized to conduct a current-carrying test on the 6215-type test bearing. The test was
conducted under the following conditions: the inner ring speed of the bearing was set
at 3500 rpm, the radial load applied was 3.5 kN, and an excitation signal with a voltage
Vpp =90 V and frequency f = 100 kHz was applied to the bearing.

As depicted in Figure 16a, the temperature rise in the outer ring of the bearing was
shown before power was applied. The figure illustrates that, after the test bearing began
running, the temperature of the outer ring gradually stabilized from the initial room
temperature of 25 °C to 55 °C. Similarly, Figure 16b presents the temperature rise in the
outer ring of the bearing after power was applied. It can be observed from Figure 16 that
an excitation signal was applied to the bearing once it began running. However, due to
the interference of the excitation signal on the temperature sensor, the measured outer
ring temperature fluctuated within a certain range. Between 0 and 25,000 s, the outer ring
temperature exhibited an upward trend and eventually fluctuated within the range of
54°C-62 °C. To determine the average value, the excitation signal was applied, causing the
temperature of the outer ring to gradually stabilize from the initial room temperature of
25 °C to 58 °C. Before the excitation signal was applied, the temperature of the outer ring
remained stable at 55 °C at the same room temperature, with an error of 6.14% compared
to the simulation results. After the excitation signal was applied, the temperature rise of
the outer ring stabilized at 58 °C, with an error of 6.45% compared to the simulation results.
Within the acceptable error range, the accuracy of the simulation model was verified.

70
P Measured value|
|~ Measured value —=— Average value
=T P o el “
60

0
- 3
5as 50
< # 1
540 / g
g / g 40 \|
ix / Z L)
S S I
& y, e U

30 | / Vi Ui

/ 30 INRRA
5F /
|~
ik 20
= . L ; . | . \ . L )
0 000 000 3000 4000 0 5000 10,000 15000 20,000 25000 30,000 35,000
Time (s) Time (s)

(a) Before power was applied. (b) After power was applied.

Figure 16. Temperature rise and partial enlargement of the outer ring before and after turning power
on.
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4.3. Verification of Temperature Rise Test in Contact Area

The slice diagram in Figure 17 illustrates the condition of the bearing after 25 h of
operation under the specified working conditions mentioned in Section 4.2. When the
lubricating oil film of the bearing was penetrated, it resulted in an immediate increase
in temperature, causing the lubricating grease to darken and some of it to adhere to the
raceway. This, in turn, led to pitting corrosion in the contact area of the bearing. The
figure indicates that the corrosion marks on the outer ring of the bearing were more severe
compared to those on the inner ring. Therefore, it can be inferred that the temperature rise
in the contact area of the outer ring of the bearing was higher than that of the inner ring
after the lubricating oil film was breached, which aligns with the simulation results.

(a) Outer ring bearing

(b) Outer non-bearing

(c) Inner rig. (d) Steel ball.

Figure 17. Slice diagram of test bearings.

5. Conclusions

This article presents a simulation analysis of the temperature field of deep groove ball
bearings under an electric environment, considering electric thermal coupling. The study
also includes experimental verification. The following conclusions can be drawn:

(1)  Electrical environmental factors can cause an increase in the overall temperature
rise in the bearing. Specifically, the temperature of the outer ring of the bearing can
increase by approximately 3 °C compared to the temperature before powering on.

(2) Inan electrical environment, the contact areas of bearings experience localized high
temperatures due to the breakdown and discharge of the lubricating oil film. The
temperature rise in the contact area between the rolling element and the outer raceway
is particularly significant, increasing the likelihood of electrical corrosion damage.

(3) The consistency between the experimental results and simulation results is good,
which verifies the accuracy of the simulation model.
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Abstract: The solution of equilibrium positions is a critical component in the calculation of the
dynamic characteristic coefficients of aerostatic bearings. The movement of the rotor in one direction
leads to bidirectional variations in the air film force, resulting in low efficiency when using conven-
tional calculation methods. It can even lead to iterative divergence if the initial value is improperly
selected. This study concentrates on the orifice throttling aerostatic bearings and proposes a novel
method called the bivariate interpolation method (BIM) to calculate the equilibrium position. The
equilibrium equation for the rotor under the combined influence of air film forces, gravity, and
external loads is established. A calculation program based on the finite difference method is devel-
oped to determine the equilibrium position. The process of solving the equilibrium position and the
convergence is compared with the secant method and the search method. Furthermore, the variation
trend of the equilibrium position and stiffness when the external loads changes are studied based on
the BIM. Finally, the correctness of the BIM to solve the equilibrium position is proved by comparing
it with the experiment results. The calculation results indicate that the BIM successfully resolves the
problem of initial value selection and exhibits superior computational efficiency and accuracy. The
equilibrium position initially moves away from the direction of the external load as the load increases,
and then this gradually approaches the load direction. The main stiffness increases with increases in
the external load, while the variation in cross stiffness depends on the direction of the external load.

Keywords: equilibrium position; bivariate interpolation method; aerostatic bearing; external load; stiffness

1. Introduction

Aerostatic bearings utilize compressed air from external air sources to form an air film
that supports the movement of the parts. Compared to precision rolling bearings, aerostatic
bearings offer significant advantages in terms of motion accuracy, friction, rotation speed,
and environmental impact [1]. Consequently, aerostatic bearings have found widespread
applications in aerospace, precision machine tools, electronics and semiconductors, and
medical equipment [2-4]. Commonly used orifice throttling aerostatic bearings materials
are steel, brass, and aluminum [5]. In addition, porous materials also have more appli-
cations because of their superior characteristics [6], and the commonly used material is
graphite. Research on aerostatic bearings primarily focuses on topics such as bearing ca-
pacity, stiffness, stability, and flow rate [7,8]. The equilibrium position is an important basis
for judging the stability of aerostatic bearings [9], and it is also the premise of analyzing the
dynamic characteristic coefficients of aerostatic bearings under normal operation. While
the static load of practical bearings is typically known, the equilibrium position remains
unknown [10]. The accurate and efficient solution of the equilibrium position of a bearing
under a given load is a necessary prerequisite for studying the relevant characteristics of
aerostatic bearings.
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Solving the Reynolds equation is the first step to study the relevant characteristics of
aerostatic bearings, which can be divided into the finite difference method (FDM), the finite
element method (FEM), and the finite volume method (FVM) according to different solving
methods [11]. Due to the nonlinearity of the equilibrium equation, multiple iterations are
necessary to determine the equilibrium position of the bearing. Scholars have proposed
numerical calculation methods to solve the equilibrium position of the rotor. Shuai [12]
used the coordinate rotation method to solve the equilibrium position of the three-lobe
journal bearing and proved the feasibility of the numerical calculation method to solve
the equilibrium position of the three-lobe journal bearing. However, this method is not
suitable for the cylindrical sliding bearing. Qian [13] determined the equilibrium position
of the three-lobe journal bearing using the secant method. Wang [14] analyzed the influence
of unbalance force on the vibration characteristics of the narrow slit throttling aerostatic
bearing and observed that as the speed increases, the rotor’s equilibrium position gradually
moves towards the center of the bearing. However, no detailed method was provided for
solving the equilibrium position. Yu [15] used the search method to solve the equilibrium
position of the tilting pad journal bearing. By calculating the direction of the fastest
convergence of the air film force based on a given trial calculation point, the equilibrium
position of the bearing can be obtained. Results show that the method effectively solves the
divergence problem, although its calculation efficiency is low due to the frequent calculation
of the air film force. Wan [16] used the Newton iteration method to solve the equilibrium
position of the bearing and proposed a load approaching method to solve the problem of
the Newton iteration method, getting stuck in a dead loop due to inappropriate initial value
selection. Zheng [17] used the fast convergence speed of the Newton—-Raphson method to
solve the equilibrium position of the bearing and subsequently determined the dynamic
characteristic coefficients. The accuracy of the method was proven by comparing it with
relevant references. Pokorny [18] optimized the Newton iteration method and compared it
with the Newton-Raphson method. The equilibrium position of the tilting pad bearing was
then determined, demonstrating the superiority of the optimized Newton method over the
Newton-Raphson method. Yang [19] has demonstrated through numerical analysis that
the twofold secant method converges faster than both Newton’s method and Newton’s
method with the P.C. format. Zhou [20] used the twofold secant method to solve the static
equilibrium position. The results show that the twofold secant method significantly narrows
down the search range in the initial iteration and achieves faster convergence compared
to the dichotomy method and the secant method. All of the aforementioned methods
for solving the equilibrium position used the static Reynolds equation. Furthermore,
the dynamic trajectory method can be employed to determine the equilibrium position,
although it often necessitates two to three days to ensure accurate calculations, making it
relatively time-consuming [21].

When the rotor is in a stable state, the dynamic characteristic coefficients of the bearing
during normal operation can be solved and analyzed. The methods for solving the dynamic
characteristic coefficients of the bearing include the difference method, the partial derivative
method, the small parameter method, and the finite element method [22-25]. Meng [26]
used the difference method to solve the stiffness of the oil-lubricated journal bearing and
analyzed the influence of bearing parameters. The accuracy of the calculated values was
proved by comparing the theoretical calculation values with the experimental data. Qi [27]
used the partial derivative method to solve the Reynolds equation defined in the complex
range and focused on investigating the effect of rotor disturbance frequency on stiffness
and damping coefficients. Li [28] solved the Reynolds equation using the partial derivative
method. The calculation results indicate that as the rotor position gradually approaches
the equilibrium position, the dynamic characteristic coefficients gradually converge to a
stable value.

In summary, many existing references calculate bearing-related characteristics using a
fixed eccentricity, but there is a lack of research on solving the equilibrium position and
conducting characteristic analysis under given loads. The current methods for solving the
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equilibrium position are primarily used for the liquid sliding bearing, and varying levels
of efficiency and convergence problems exist. This paper focuses on the orifice throttling
radial aerostatic bearing as the subject of research and presents a new method, called
the BIM, for determining the equilibrium position. The influence of external load on the
equilibrium position and dynamic characteristic coefficients is studied, and the calculation
results are discussed and compared with references and experimental data.

2. Building and Calculation of the BIM
2.1. Establishment of Mathematical Model of Bearing

Figure 1 depicts the structural model of the orifice throttling aerostatic bearing studied
in this paper. Table 1 provides the fundamental parameters of the bearing. O is the center
of the bearing, and O; is the center of the journal. When there are no external loads present,
the rotor experiences air film forces Fx and Fy, in addition to its own weight Mg, at the
equilibrium position.

bearing Journal L1

—
(N /777 /T /]

Figure 1. Structure model of orifice throttling aerostatic bearing.

Table 1. Bearing structure parameters and environmental parameters.

Parameter Value
Journal length L1 (mm) 160
Journal radius R2 (mm) 25
Mean air film thickness ¢ (um) 10
Diameter of orifice d (mm) 0.2
Row number of Orifice on journal bearing 2
Orifice number of each row 8
Rotor quality M (kg) 6.5
Density of air p (kg-m~3) 1.204
Supply pressure Ps (MPa) 0.5
Environment pressure P (MPa) 0.1
Viscosity of air 1 (N-s-m~2) 1.8 x107°

To determine the capacity of the aerostatic bearing, it is necessary to first obtain the air
film pressure distribution of the bearing. The bearing is at the equilibrium position, with
a stable air film pressure distribution. Because the influence of temperature on aerostatic
bearing is revlatively small, the flow process duration is short, so it can be isothermal
flow [29]. The commonly used Reynolds equation for compressible gas lubrication can be

expressed as
3 (Y 4 2 (0P | 05— s 201
= (Ph Bx) 3 (Ph 8y> +Q5—6yu( P 1)

The air film thickness can be expressed as /1 = ¢(1 + € cos 0), where ¢ is the eccentricity,
and 6 is the attitude angle.
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It is noted that é; = 1 at the orifice entrance, and that ¢; = 0 at the orifice exit. Q is the
air mass flow factor:

Q=12 pv @
Pa
Orifice flow equation:
m= @PsA If”lp = pvdxdy (3)
and 05
K+1
s8] g <n
= 05 4)

(B -] ke n

where ¢ is the flow coefficient, A is the restriction area, K is the air constant, and fy is the
critical pressure ratio.

By utilizing the FDM to solve Equation (1), the air film pressure can be determined for
a given rotor position. Then, integrating the air film pressure using Equation (5) yields the
horizontal and vertical air film forces of the bearing.

Fx = fo " PR sin 8d6dy

®)
Fy= fo " PR cos 6d6dy
Assuming that the initial position of the rotor is vertically oriented, as shown in
Figure 2a, the rotor is then horizontally displaced by a distance of +Ax, resulting in the
position shown in Figure 2b. The horizontal movement causes a change in the attitude
angle 6, subsequently impacting the distribution of the air film pressure P. According to
Equation (5), both the horizontal and vertical bearing capacity are consequently altered.

z z
+Ax !
1
0~
1
e iyMg
O R X
O Fx ;OZ Fx
L
Fy 134
1
i
P
P
(@) )

Figure 2. The influence of single direction displacement changes on bearing capacity. (a) Initial
position. (b) Position after moving horizontally by +Ax.

2.2. Mathematical Model of the BIM

During the motion of the rotor, irrespective of the effects of other factors, the rotor is
affected by the combined action of the air film force of the bearing and the gravity of the
rotor. When the rotor reaches an equilibrium position, Equation (6) need to be satisfied.

FX=Fx=0
{FY:Fnygzo ©)
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When solving the equilibrium position using the secant method and the Newton
method, the horizontal and vertical coordinates are successively iterated in one direction, as
shown in Figure 3. When solving the process, the iterative process of abscissa is embedded
in the iterative process for the ordinate. The correction of the ordinate can only begin once
the horizontal bearing capacity satisfies the requirements. It can be seen from Figure 2 that
the movement of the rotor in one direction causes the bidirectional variations in the air film
force. Therefore, there are the following problems:

(1) After completing a calculation in the vertical direction, the horizontal bearing capacity
fails to satisfy the convergence requirements, necessitating a recalculation of the
abscissa. Therefore, until the ordinate satisfies the convergence requirements, each
correction of the ordinate requires iterative adjustments of the abscissa. This process
results in a reduction in computational efficiency.

(2) In the iterative calculation process, it is essential to determine the influence factors.
Influence factors are used to correct the coordinates. The influence factors vary
depending on the rotor’s position. If the influence factors are excessively large, it
can result in iterative divergence, whereas if they are excessively small, it can impact
computational efficiency.

Input of bearing
parameters

!

Solving Reynolds
equation

Record the
equilibrium position

Figure 3. Common methods to solve the process.

The proposed BIM in this paper takes into account the simultaneous effect of horizontal
and vertical coordinates on the air film force. There are relationships between the position
to be solved and the four known positions surrounding it. Subsequently, the unknown
position is determined through two consecutive interpolation steps. Figure 4 illustrates the
principle diagram of the BIM, while Equation (7) represents the interpolation equation.

F=ax+by+cxy+d (7)

The coefficient a controls the coordinate x. The abscissa x of the equilibrium position can
be corrected by adjusting a. The coefficient b controls the coordinate y. The ordinate y
of the equilibrium position can be corrected by adjusting b. The coefficient ¢ controls
the cross-term between the coordinates x and y and describes the interaction relationship
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between the horizontal and vertical coordinates. It can adjust the iteration direction. The
coefficient d is a constant term used to adjust the overall offset of the function.

! 1 !
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Figure 4. Principle diagram of the BIM.

The interpolation conditions are as follows:

Fx(x1,y1) = Fx1, Fy(x1,y1) = Fyh
Fx(x2,41) = Fxo, Fy(x2,y1) = Fya
Fx(x2,y2) = Fx3, Fy(x2,y2) = Fys
FX(xl,yz) = Fxy, Fy(xl,yz) Fyy

To determine the equilibrium position and account for the impact of rotor position
changes on the horizontal and vertical air film forces, the interpolation equation can be
simplified to Equation (8) by using the interpolation conditions, where Fx;,,7 and Fy;oq4
represent the magnitude of the external load applied in the respective horizontal and
vertical directions.

Fxjppq = Fx1(1 —u)(1 — v) + Fxou(1 — v) + Fxguv + Fxu(1 — u)v

FYiont = Fyr (1 — u)(1— ) + Fyau(1 - v) + Fysuv + Fys(1 — u)o ®)

where

X — X1 o — y—wm
X —x1’ Y2—0Nn

During the iterative calculation process, it is necessary to determine the modified
coordinate value based on the magnitudes of the influence factors a and b. If a > b, the
abscissa x is corrected; otherwise, the ordinate y is corrected. Adjusting the coordinates
based on the influence factors helps prevent incorrect iteration direction and improves
computational efficiency. By combining Equations (7) and (8), the influence factors a2 and b
are obtained.

u =

y2(Ey2 — Fyr) + 1 (Fys — Fys) | x1(Eya — Fy1) +x2(Fys — Fys)

= (x2 —x1)(y2 —y1) ’ (x2 —x1)(y2 —y1)

2.3. Calculation Process of the BIM

Figure 5 illustrates the flowchart of the BIM used to calculate the equilibrium position
of the bearing. The bearing capacity is determined through the Reynolds equation. The
database is used to temporarily store and transfer data between the journal position ob-
tained through the BIM and the bearing capacity calculated through the Reynolds equation.
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Figure 5. Flowchart for solving equilibrium positions using the BIM.

The iterative process is as follows:

(1) Given convergence criteria (resultant force ‘F X| <10~
force can be ignored).

(2) According to Figure 4, four points (x1,y1), (x2,y1), (x2,¥2), (x1,12) in the bearing
range are selected, and u, v are calculated.

(3) The air film forces (Fxy, Fy1), (Fx, Fya), (Fx3,Fy3), (Fxa, Fys) at the corresponding
positions were calculated by the Reynolds equation.

(4) Through Equation (8), coordinate points (x,y) are obtained after two consecutive
interpolation calculations.

(5) The air film forces (Fx, Fy) at the position of the fourth step are obtained by the
Reynolds equation and compared with the convergence condition. If it is satisfied, the
iteration is terminated. If it is not satisfied, proceed to step 6.

(6) Determine the size of the impact factors a and b and determine the coordinate value
that has the greatest influence on the air film force. If 2 > b, modify x; otherwise,
modify y. Repeat steps 2 to 5 after updating the data.

3. Results and Discussion
3.1. Comparison of Different Methods

Figure 6 illustrates the iterative convergence process of the BIM, the secant method, and
the search method for solving the bearing equilibrium position under the same parameters.
It can be observed from Figure 6 that the equilibrium positions obtained by the three
methods are almost coincident. The main reason is that different calculation methods have
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different convergence. The convergence condition of the secant methodis F < 1 x 1072N,
the search method is F <5 x 1072 N, and the BIMis F <1 x 10~% N. The BIM exhibits
the highest calculation accuracy. When compared with the secant method, the BIM has
errors of 0.03% and 0.02% in the horizontal and vertical coordinates of the equilibrium
position, respectively. When compared with the search method, the BIM has errors of
0.15% and 0.06% in the horizontal and vertical coordinates of the equilibrium position,
respectively. The maximum error is 0.15%, while the minimum error is 0.02%. Table 2
provides a comparison of the results obtained using the three methods. The BIM requires
4 jterations, the secant method requires 22 iterations, and the search method requires
15 iterations. The BIM exhibits superior calculation efficiency compared with the other
methods. In the initial iteration calculation, the convergence curve experiences substantial
variations due to the significant initial distance from the equilibrium point. The convergence
speed gradually slows down after approaching the equilibrium point. The secant method
exhibits poor convergence performance near the equilibrium position due to the high
density of points, resulting in reduced calculation efficiency.

0.2 —0.16
0.0 —0.17
Z-02t —0.18
£
g
g —04} -0.19
b
E*O.G | =020
> —+—BIM
-0.8} —®- secant method el
—A— search method
1 —-0.22
OF /
0.0 0.1 0.2 0.3 0.4 0.5 0.15 0.16 0.17 0.18 0.19
X (non-dimensional) X (non-dimensional)
Figure 6. Comparison of convergence process of different methods.
Table 2. Comparison of calculation results. (“A’ represents the calculation baseline for relative error).
Solution Method Condition of Convergence Iteration Step Equilibrium Position Relative Error

Secant method

Search method

BIM

X = 0.17369 A \
—2
1x10 2 Y = —0.20219 A \
X = 0.17342 \ A
2
5x10 15 Y = —0.20228 \ A
., A X = 0.17364 0.03% 0.15%
1x10 Y = —0.20215 0.02% 0.06%

3.2. Calculation of Equilibrium Position Based on the BIM

The equilibrium position in this study is primarily influenced by the air film pressure,
which is closely associated with the supply pressure and rotor speed. Figure 7a illustrates
the variations in the equilibrium position as the supply pressure and rotational speed. As
shown in Figure 7a, the equilibrium position gradually moves towards the center of the
bearing with increasing rotational speed and supply pressure. This rule is consistent with
the results of reference [8].
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Figure 7. (a) Equilibrium position under different pressures and rotating speeds. (b) Equilibrium
position under different external loads.

Taking a speed of 5000 r/min and a supply pressure of 0.5 MPa as an example, the
variation in the equilibrium position is shown in Figure 7b when the horizontal force Fx
and the vertical force Fy ranging from —1200 N to 1200 N with an increment of 100 N are
applied to the rotor. When subjected to external loads, the eccentricity € gradually increases,
and the equilibrium position of the axis will first move away from the load direction. As
the absolute value of the external load increases, the equilibrium position progressively
aligns with the direction of the external load, while the extent of the change decreases.

3.3. Calculation of Stiffness of Equilibrium Position Based on the BIM

The stiffness of aerostatic bearing is solved by the difference method. After obtaining
the equilibrium position, a horizontal disturbance +Ax is applied at the equilibrium posi-
tion, and the air film forces Fx; and Fy; are solved under the new geometric relationship.
Similarly, the disturbance —Ax is taken, and Fx;, Fy, can be obtained. Then, the stiffness
values are then obtained as Kxx and Kyx.

_ FJC] — Fxp

Kxx = TAx 9)
_Fyp—Fp

Kyx = Ay (10)

Similarly, the stiffness values Kxy, Kyy can be obtained by adding disturbance +Ay
and —Ay in the vertical direction.

Ky = D3 —Fxa "32;; X4 a1
Fys — F
Kyy = =50 (12)

Figure 8 illustrates that the direct stiffness and the absolute values of cross stiffness
at the equilibrium position gradually rise with increasing rotational speed and supply
pressure. Moreover, stiffness values are more responsive to changes in rotational speed.
This phenomenon can be attributed to the growing dynamic pressure effect of the bearing
as the rotational speed increases, leading to an overall increase in stiffness. The main
stiffness Kxx is approximately equal to Kyy, and the cross stiffness Kxy is approximately
inversely proportional to Kyx. This rule is consistent with the conclusion of reference [16].
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Figure 8. (a) The influence of rotational speed on the stiffness at the equilibrium position. (b) The
influence of supply pressure on the stiffness at the equilibrium position.

The increase in both rotational speed and supply pressure leads to an increase in air
film stiffness. The change in rotational speed has a greater influence on stiffness compared
to supply pressure. This also explains that the influence of rotational speed on the change
in the equilibrium position in Figure 7a is greater than that of supply pressure. With the
increase in both speed and supply pressure, the equilibrium position shifts towards the
center of the bearing.

Figure 9a,b illustrate the variations in stiffness at the equilibrium position caused by
the external loads Fx and Fy. The direct stiffness increases as the absolute value of the
external load increases, while the variation in cross stiffness depends on the direction of
the applied load. If the absolute value of the external load Fx increases gradually, the
corresponding Kxy increases, while the absolute value of Kyx decreases. If the absolute
value of the external load Fy increases gradually, the corresponding Kxy decreases, while
the absolute value of Kyx increases. This can also explain the trend observed in Figure 7b
regarding the influence of external loads on the change in equilibrium position.
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Figure 9. Stiffness changes at the equilibrium position under external load. (a) Horizontal load Fx.
(b) Vertical load Fy.

4. Experiments and Comparison
4.1. Introduction of Experimental Platform

Figure 10 shows the experiment setup used to measure the equilibrium position,
comprising the air supply system, the tested motorized spindle, and the TESA TT80
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inductance micrometer. The air supply system is constructed by an air compressor (1), filter
(3), globe value (4), solenoid throttle value (5), flowmeter (6), and pressure gauge (7). The
inductance micrometer (accuracy 10 nm, range £5 pm) is constructed with an inductive
probe (9) and a digital display unit (11). The rotor diameter is measured with the Mitutoyo
MDE-75MX (resolution 0.001 mm, allowable error 2 pm), while the bearing diameter
is measured with the Mitutoyo CG-D100 (resolution 0.001 mm, allowable error 3 um).
Table 3 gives three sets of measured data, with a mean air film thickness of 12.2 um. The
experimental platform is designed with the mean air film thickness of 10 um. Although the
measured value is 12 pm, accounting for the influence of manufacturing and measurement
errors, 10 pm is still used for calculation and comparison.

YOO BRI R ) /()

Air Supply System

(12)

()]

Figure 10. Equilibrium position measurement experimental platform. (a) Schematic diagram.
(b) Physical diagram. (1) air compressor, (2) air tank, (3) filter, (4) globe value, (5) solenoid throttle
value, (6) flowmeter, (7) pressure gauge, (8) air inlet, (9) inductive probe, (10) motorized spindle,
(11) digital display unit, (12) marble platform.
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Table 3. Mean air film thickness.

Journal Diameter Bearing Diameter Mean Air Film Thickness
(mm) (mm) (um)
1 49.997 50.021 12
2 49.998 50.023 12.5
3 49.996 50.020 12
Average \ \ 12.2

4.2. Experiment Process

The measured motorized spindle (10) is fixed in the marble platform (12) and con-
nected to the air supply system via the air inlet (8). During the measurement of the
equilibrium position, the spindle speed is set to 0 r/min, and the initial supply pressure is
set to 0 MPa. The inductance probe is positioned at the vertical baseline of the motorized
spindle and calibrated to zero. The supply pressure is gradually adjusted from 0.2 to
0.6 MPa, and data are collected at intervals of 0.5 MPa. The collected data are processed
and displayed using a digital display unit. A set of data is measured every 60° of rotor
rotation, resulting in a total of six sets of data, from which the average value is calculated.
The experimental data obtained are presented in Figure 11.

10
8 ° ° —
—
g
s o
_E —o— Experimental data
'g —o— Calculateded data
%) 4r
2L
0 1 1 1 1 1
0.2 0.3 0.4 0.5 0.6
Supply pressure (MPa)

Figure 11. Experimental data and calculated data under different supply pressures.

4.3. Discussion of Experimental Results

It can be seen from Figure 11 that the calculated data and the experimental data exhibit
similar trends, although the calculated results are generally higher than the experimental
data. The minimum error is 12.9%, and the maximum error is 15.4%. The reasons for the
difference between the experimental data and the simulated data are as follows: there are
errors in the machining and assembly of the spindle in the experiment, the calculation model
is simplified, and ideal conditions are used in the simulation. Therefore, the simulation
calculation yields an excessive bearing capacity, resulting in a rotor position that exceeds
the experimental value.

5. Conclusions

(1) The BIM effectively solves the problem of iteration divergence caused by inappropriate
initial value selection. Compared with the calculation results of the secant method and
search method, the maximum error of the equilibrium position is 0.15%, the required
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iterative steps are only 1/4 of those of other methods, and the BIM convergence
is better.

(2) When the direction of external load on the rotor is unchanged and the amplitude
continues to increase, the eccentricity increases nonlinearly. The equilibrium position
initially moves away from the direction of the load and later moves closer to it.
The main stiffness of the bearing increases with the increase in the external load,
independent of the direction of the external load. When the horizontal external load
increases gradually, the absolute value of the cross stiffness Kyx decreases, while the
Kxy increases. Conversely, when the vertical external load gradually increases, the
absolute value of the cross stiffness Kyx increases, while the Kxy decreases.

(3) Without external load, the change in the equilibrium position and its stiffness with ro-
tational speed and supply pressure is consistent with the conclusions of the references.
And the reliability of the BIM is proved by the comparative analysis of the experiment
and calculation, and the maximum error between them is 15.4%.
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Abstract: In the ultra-low temperature environment, the material properties of the bearing change,
which puts forward higher requirements for the dynamic performance of the bearing cage. The
bearings operating in ultra-low temperature environments commonly use solid lubricants. This study
first focused on measuring the traction coefficients of molybdenum disulfide (MoS,) solid lubricant
in a nitrogen atmosphere, and the Gupta fitting model is constructed to derive the traction equation.
Subsequently, the dynamic differential equation of angular contact ball bearings was established, and
the stability of the bearing cage in a nitrogen environment was simulated and analyzed based on
the dynamic model. The accuracy of the simulation model was verified through comparison. The
results show that less than 10% of errors exist between the experimental data and the traction curve
fitted by the Gupta model, and the stability of the cage is closely related to operating parameters
and bearing structure parameters. Cage stability increases with axial load but decreases with radial
load. The cage stability is optimal when the radial internal clearance of the bearing is approximately
0.06 mm. When other conditions remain unchanged and the ratio of the cage pocket hole gap to
the cage guide surface gap is 0.2, the cage stability is the best. The research results will provide
a foundation for the design and application of solid-lubricated angular contact ball bearings in
ultra-low temperature environments.

Keywords: cage stability; ultra-low temperature; solid lubrication; angular contact ball bearings

1. Introduction

Due to the limitations imposed by ultra-low temperature environments, conventional
lubricants such as oil or grease cannot be utilized [1,2]. Instead, solid lubrication substances
are employed through solid coating technology to effectively lubricate the friction pairs [3].
Solid lubricating materials possess characteristics such as a wide temperature range, low
evaporation rates, and corrosion resistance [4-6]. Commonly used solid lubricants in
ultra-low temperature environments include silver, PTFE, and MoS,. PTFE is particularly
well suited for extreme environments, enhancing the wear resistance of contact pairs and
reducing the traction coefficient by modifying the friction surface [7]. On the other hand,
MoS; solid lubricants possess a layered structure, excellent wear resistance, and perform
effectively at low temperatures, while also offering a wide temperature range [8].

Solid lubricants are widely used in the bearing field. Kwak, et al. [9] conducted a ball
and disk experiment using silver and PTFE to study the traction curve of the lubricant. They
also verified the hydrodynamic traction model, taking into account the low-temperature
hydrodynamic effect. The wear resistance of most solid lubricating materials in ultra-
low temperature environments deteriorates [10,11]. Zhang, et al. [12] tested the frictional
moments of PTFE-coated and MoS;-coated solid-lubricated bearings in liquid nitrogen.
Even the same material can produce conflicting results due to differences in environment
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and preparation methods. Different operating conditions also have different effects on the
friction behavior of materials [13-15]. Gradst, et al. [16] found that the hardness of polymer
materials increased at ultra-low temperatures. Zhang, et al. [17] found that the friction
coefficient of composites in liquid nitrogen and liquid hydrogen environment was lower
than that at room temperature. The reason for this phenomenon may be related to the
relaxation of internal stress caused by the lateral base flows [18].

During bearing operation, a collision occurs between the cage and the bearing elements.
This can lead to cage instability and affect friction-wear characteristics. The main cause of
bearing failure is that fatigue failure is no longer the cause [19]. Li, et al. [20] believe that
cage instability increases cage wear. The wear loss of the cage increased with the increase
of the mass imbalance [21]. Gao, et al. [22] believed that the frequent impulse collisions
and wear between the ball and cage pocket not only affect the bearing stability but also
significantly impact the deterioration of the bearing’s service life.

Ghaisas, et al. [23] established a model of the six-degree-of-freedom motion of the
bearing and analyzed the influence of the rotation speed and clearance ratio on the trajectory
of the center of mass of the cage. Pederson, et al. [24] studied the dynamic performance of
flexible cages and rigid cages for deep-groove ball bearings. Chen, et al. [25] studied the
effects of cage guidance and oil film thickness on cage stability. Nogi, et al. [26] studied
the motion of a ball-bearing cage by using a dynamic analysis program and concluded
that an increase in traction coefficient could result in the unstable motion of the cage.
Ryu, et al. [27] analyzed the stability of the cage by the Fourier transform of the coefficient
of friction and sound vibration. Wen, et al. [28] developed a calculation model to analyze
the dynamics of bearings, taking into account non-Newtonian fluids. Another study by
Ma [29] revealed that the collision probability between the balls and the cage increased
in the bearing area, resulting in greater instability of the cage. Zhang, et al. [30] analyzed
three states of cage vortex.

There are a few scholars who study the traction characteristics of solid-lubricated
bearings in ultra-low temperature environments. However, we have not seen a similar
paper on the stability of bearing cages in ultra-low temperature environments in combi-
nation with solid lubrication traction tests. This study aims to analyze the force of the
cage under ultra-low temperature and high-speed conditions, using the actual working
state of solid-lubricated ball bearings and experimental results of the traction coefficient
as boundary conditions. This study also investigates the influence of working conditions
and structural parameters on the trajectory of the cage centroid, the deviation of centroid
eddy velocity, and the collision force between the cage and bearing elements. It provides a
theoretical basis for the stability research of solid-lubricated angular contact ball-bearing
cages in ultra-low temperature environments.

2. Calculation of the Traction Coefficient of Solid Lubricant

To further investigate the ultra-low temperature traction characteristics of bearing
materials, the ball-disc friction and wear testing machine developed by Henan University
of Science and Technology, as shown in Figure 1. The structure diagram of the testing
machine is shown in Figure 2. The Gupta solid slip model [31] was used to fit the traction
coefficient. Equation (1) represents the traction coefficient as a function of the sliding speed:

#=(A+BAU)e Y 4D (1)

where 1 is the traction coefficient; A, B, C, and D are the constant coefficients that have no
physical significance; and AU is sliding speed.

Prior to this, other scholars conducted relevant research [28], and, on this basis, I
selected different working conditions to study the traction coefficient of solid-lubricated
bearings in a nitrogen environment. The ball-disc testing machine was employed to deter-
mine the traction coefficient (1) of MoS; solid lubricant under various working conditions.
The disc samples are covered with solid lubricating coatings, as shown in Figure 3. The
accuracy level of the ball was G10. A complete bearing coated with MoS, is shown in
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Figure 4, where the MoS; film has a jet-black color, no matte and a soft texture [12]. When
the spraying process is completed, the outer ring is heated to assemble the bearing parts.
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Figure 1. The ultra-low temperature solid lubrication traction force testing machine.
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Figure 2. Structure diagram of testing machine.

The ambient temperature of the ball and disc working area is —175 °C to —170 °C.
The nominal load between the ball and disk sample is 70 N, 140 N, 230 N, and 390 N, and
the sliding speed is AU = 0 ~ 4 m/s. Select the ball and disk sample sliding velocity for
0.0m/s,0.16 m/s,0.32m/s, 048 m/s, 0.64 m/s,0.8 m/s, 1.6 m/s,and 4 m/s.
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Disk sample

Ball sample

Figure 3. Specimens with MoS, coating.

Figure 4. Bearing with MoS, coating.

As shown in Figure 5, the traction coefficient of the MoS; coating changes with the
sliding speed. The overall trend of the traction coefficient is that it first increases and then
slightly decreases with the increase in sliding speed. The traction coefficient decreases with
the increase in load.
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Figure 5. Traction coefficient of MoS; coating changes with sliding velocity.
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To facilitate the calculation of traction parameters, the traction equation is obtained by
introducing the dimensionless parameters, such as Equation (2).

A= AWM
731
— B = ByW
W = W/(E*R? 0 ()
(E'RD C=cW"
D = DyW"™!

where W is a dimensionless parameter; E* is the equivalent elastic modulus; R is the
equivalent radius of curvature. The coefficients of A, B, C, and D and the dimensionless
parameter W with the approximate exponential function relationship between them.

The Gupta solid slip model was fitted using the least squares method. By compiling the
Matlab program of least squares, the optimal values of the mathematical model coefficients
A, B, C,and D are listed in Table 1.

Table 1. The fitting values of coefficients of Equation (1).

Coating Materials ~ Load N A B C D Residual Error Correlation Coefficient
70 —0.0299  0.0982 5.1642 0.0299 0.0005 0.9992
MoS 140 —0.0238  0.0787 4.2853 0.0239 0.0008 0.9965
2 230 —0.0215  0.0315 6.0399 0.0215 0.0004 0.9985
390 —0.0176  0.0520 3.3555 0.0178 0.0009 0.9922

The Gupta solid slip model was used to fit the experimental data, and the fitting
values of corresponding coefficients with a strong correlation were selected and brought
into Equation (2) for regression analysis. The correlation coefficients are greater than 0.95,
indicating good fitting accuracy. The comparison between the traction coefficient fitting
value and the test value is in Figure 6.
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Figure 6. Comparison of traction coefficient fitting value and tested value.

The results indicate that the calculated values of the traction coefficient equation
derived from the Gupta model closely match the actual test values, with an error range
of less than 10%. This suggests that the Gupta solid slip model accurately predicts the
ultra-low temperature traction coefficient.
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3. Bearing Dynamics Modeling

Based on the dynamic theory of rolling bearings, this section analyzes the forces and
motion states of balls and cages of solid-lubricated ball bearings. Combined with the
traction coefficient model, the nonlinear dynamic differential equations of solid-lubricated
angular contact ball bearings are derived and established to analyze the dynamic perfor-
mance of the cage.

3.1. Establish the Bearing Coordinate System

In order to accurately and clearly describe the motion and force state of each com-
ponent, the azimuth, force, torque, velocity, acceleration, and other parameters of each
element are transformed into the inertial coordinate system by coordinates to establish a
bearing dynamics model, as shown in Figure 7.

Figure 7. Coordinate systems of the bearing.

S ={0;X,Y,Z} is a coordinate system fixed in space, and point O coincides with the
center of mass of the cage. The X-axis is parallel to the axial direction of the bearing.

Spj = {Ob]-; Xpj, y;,]-,zb]-} is the centroid coordinate system of the ball, and point Oy,
coincides with the center of mass of the ball. The x;;-axis is parallel to the X-axis.

SHi(e)j = {Om; ¢, 7]}1»< ¢)j 1s the local coordinate system of the contact surface, and point
Oy is located in the center of the contact area. The ¢-axis is the contact elliptical minor axis,
which follows the rolling direction of the steel ball. The #-axis is the contact elliptical major
axis, which points to the inside of the compressed part. The i represents contact with the
inner ring, and the e represents contact with the outer ring.

Se = {O¢; x¢, Ye, zc } is the centroid coordinate system of the cage, and point O, coin-
cides with the center of mass of the cage. The x.-axis is parallel to the axial direction of
the bearing.

Spj = {O,,]-; Xpjs Ypjs zp]-} is a coordinate system of cage pocket holes, and point Op;
coincides with the center of the hole where the j-th ball is located. The x);-axis is parallel to
the xj;-axis.
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3.2. Cage Force Analysis
3.2.1. Normal Force between Ball and Cage Pocket

Figure 8 illustrates the three motion states of the ball and cage. The calculation process
for determining the normal force associated with the center displacement is described in
reference [32].

th

ypZ

7

EPNY
S
—Leti=— D, . D, . D,
(a) No contact state (b) Ball drive cage (c) The cage pushes the ball

Figure 8. Relation between ball and cage pocket center.

Where wy, is the rotation of the ball, w, is the rotation of the cage, Cp, is the cage pocket
hole clearance, and D, is the diameter of the cage pocket hole. When O, coincides with Oy,
the steel ball is in no contact with the cage. When Oy; is ahead of O,1, the ball drives the
cage to rotate. When Oy, lags behind O, the cage pushes the ball to rotate.

3.2.2. Friction at the Contact Surface between the Ball and the Pocket

When the bearing is operating, it will generate rolling friction (Pre () j) and sliding
friction (Psz(,));) in the contact zone. Part of the calculation equation is as follows, and the
detailed calculation method is shown in the reference [33].

PRij = O.SCOPjTIQjCOS GW
—— [ Ry .
PR’U = O~5CoijRj RfZ; smG,,]-

Pszj = Psjiotispzjr/RpeRey

Psyj = Psjottsppj/RpzRpy
Prj = 34.74In p1g; — 27.6 ®)
Ds; = 0.26Pg; +10.9

-2 1\ 2
Copj = WO”P@‘/\/R;JCRPH {(3 +2kp) "+ uy (3 +2ky 1) ey 1/”57(;‘}
kp = Rpe/Rpy

where Cop is the auxiliary parameter, 1, is the average velocity of the ball and the surface
of the cage pocket hole in the ¢ direction, uy; is the average velocity of the ball and the
surface of the cage pocket hole in the  direction, Ry is the radius of curvature of the ball
and the surface of the cage pocket hole in the ¢ direction, Ry, is the radius of curvature
of the ball and the surface of the cage pocket hole in the 77 direction, and Ps; and Pp; are
auxiliary parameters, which can be solved by In pyg;.

3.2.3. Force between Cage and Ring Guide Surface

During the operation of the solid-lubricated ball bearing, the gap between the cage’s
inner cylinder surface and the ring guide surface will create pressure. Figure 9 shows the
interaction of the guide surface and the cage, and the movement guidance of the cage is the
inner ring guidance.
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Figure 9. Contact geometry relationship between cage and ring.

The force F. generated by solid-lubricating film pressure can be described by decom-
position into F’ cyand F ’¢z [33]. The forces in the normal and tangent directions are denoted,
respectively. /iy is where the minimum oil film thickness is located, rotate i is the angle
relative to the inertial axis y., and w, is the angular velocity of the cage around the x-axis of
the inertial coordinate system. Ay, Az, e is the displacement deviation between the center
of mass of the cage and the center of mass of the inner ring.

3.3. Differential Equation of Ball

Figure 10 shows the stress situation of the ball, and the equilibrium equation of the
ball can be obtained as follows:

MmyXp = er sina,; — Qij sina;; + Tjej cOs apj — Ty COS &jj — FRryej COS )
+FR77,'/' Cos jj + FH”gj COS Apj — FH’?U Cos &jj + PSéj + PR@'
myyjy, = Qej O &t — Qjj cos ajj — Tyypj sin a,j + Tyjj Sin ajj + Frypej Sin
*FR,],']' sin Kjj — FHV"] sin Kej + FH,,/,']' sin Xjj + F”]' — PSVj — PR’U
myzy = Tgij — Tzoj — Freij + Frej + Frij — Frgej — Qcj + Fpj + Frj
I,,wbx = (Tgl] — FR;‘ij) cos 061‘]‘% + (Tge] — FRﬁej) cos Déej% (4)
—(Psyj + PRW')% = Jxwy
Iy — Ipwpz0y = (Freij — Teif) sin a5 + (Frgey — Tgeg) sin a2
—Gyj — (Psgj + Prej) 5 — Jycy
Ly@ps + Iywpy By = (Tyij — Fryij) 3¢ + (Tyej — Frye)) 3¢ — Gaj — Jetoz;

Equation (4) represents the variables used in the analysis. Where m, refers to the
mass of the ball; Xy, ,, Zj represent the acceleration components for the ball; wyy, wyy, Wy,
for ball angular velocity; wpy, Wy, wy, or ball angular acceleration; 6 for the revolution
of the ball speed; I, represents the moment of inertia of the ball; ]y, J, J. are the moment
of inertia components of the ball in the inertial coordinate; Gyj/ GZ/ are the components
of the moment of inertia during the motion of the steel ball in the inertial coordinate
system; Frgij, Fryij, Freejs FRyjej are the friction forces in the contact entrance area between

the steel ball and the raceway; Tgjj, Tyij, Tzej, Tyej are the traction force in the direction
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of the ¢ and 7 axis of the contact between the ball and the inner and outer raceways;
Fugij, Fryijs Frgejs Fryej are all horizontal components of force acting on the center of steel
ball; Psgj, Psy; are the sliding friction forces on the surface of steel balls; Prg;, Pr;; are the
rolling friction forces on the steel ball surface; Fyj, F;; are the inertial force component
during the movement of the steel ball; Fp; is the aerodynamic resistance of the gas to a
single steel ball; and Q,; is the collision force between the steel ball and the cage.

I

Frey Ty

(a) x-y plane (b) y-z plane (c) x-z plane

Figure 10. Steel ball force diagram.

3.4. Differential Equation of Cage

In this study, the cage guidance method is inner ring guidance, and the force balance
equation is as follows:

. Z
MeXe = 'Zl (PSiyj + PRW]')
j=

. Z .
mej, = Y [(Psgj + Pgej) cos ¢j + Qcjsin goj} +Fy

=1
Z
MeZe = Z [(PSQ + PR@]) sin Qi — Qc] cos (P]} + F.,
= 2 )
Iex@ex — (Icy - Icz)wcywcz = Z {(PSQJ + PR@]) 2 Qc] m] + Mex
=1
V4
Leywey — (Iez — Iex)Wezwex = Z (Psy; + PRW) 3t sin ¢;
j=1
. Z
Iezwez — (Iex — Iey)wexwey = Z (Psyj + PR,U) A cos ¢

j=1

me is cage quality; @; is the position angle of the j th s ball; d;, is the diameter of the
bearing pitch; xc,yc, zZ¢ are cage acceleration; Iy, Icy, I, are cage three principal moments
of inertia; wey, wey, We; are cage angular velocity; Wey, wcy, we; are the cage angular accel-
eration; and Q,; is the components of the collision force between the ball and the cage in
the inertial coordinate system, respectively. For the calculation of dynamic differential
equations of inner and outer rings, see reference [34].

4. Cage Stability Analysis Method

The movement of the cage is complex, and its stability is often assessed based on the
shape of its centroid trajectory. A point trajectory indicates complete stability, while a single
circle or periodic circle trajectory suggests a stable vortex state. When the cage centroid
trajectory is polygonal, or even chaotic, it indicates that the centroid of the cage is divergent
and in an unstable vortex state [35,36].
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Figure 11 shows the variations in centroid vibration displacement of the cage in the
Y and Z directions during time-domain analysis under constant load conditions obtained
from dynamic simulation analysis. Curve 1 represents the displacement in the y-direction,
while curve 2 represents the displacement in the Z-direction. The figure illustrates that as
the cage vortex moves, the radial displacement of the centroid changes periodically over
time, with the Z displacement leading to the Y-direction displacement. On this basis, the
dynamic performance of a solid-lubricated ball-bearing cage is analyzed in the next section.
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Figure 11. Cage centroid displacement.

To quantitatively analyze the cage when the centroid trajectory exhibits a vortex rather
than a point, the change in centroid vortex speed can be combined to assess the stability of
the cage. In the actual optimization design analysis, the instability of the cage movement is
determined by calculating the ratio of the deviation in centroid vortex velocity.

The stability of the cage is determined by comparing the deviation of the centroid
vortex velocity, as proposed by Ghaisas, et al. [23]. The ratio of the standard deviation of
the centroid velocity to the average value can be calculated as follows:

oy = VYL, (vi—om)/(n—1)

Um

(6)

v; is the vortex velocity of the centroid of the cage at different moments; v;, is the cage
centroid average speed. The larger the ratio of the centroid vortex velocity deviation and
the greater the change in the vortex velocity, the worse the stability of the cage is, and
vice versa.

In the next section, the stability of the cage under inner ring guidance is analyzed by
changing operating parameters such as axial load and radial load, as well as structural
parameters such as the radial internal clearance, cage pocket gap, and guide gap, and
the dynamic performance of the cage is discussed from the aspects of the cage centroid
trajectory and the traction characteristics between the ball and the cage.

5. Analysis of Factors Affecting Cage Stability
5.1. Validation of the Cage Analysis Model

The model of the test bearing is 7204AC. The initial basic parameters and working
conditions of the bearing are shown in Table 2. The bearing ring and ball are made of
G95Cr18 material, and the surface is coated with MoS; film, while the cage is made of
nylon 66. The material characteristics of nylon 66 are listed in Table 3.
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Table 2. Basic bearing parameters.

Parameter Value

Outside diameter (mm) D 47

Bore diameter (mm) d 20

Width (mm) B 14

Nominal contact angle (°) % 25
Diameter of sphere (mm) Dy 7.938

Number of balls Z 10
Initial radial internal clearance (mm) [T 0.091
Rotate speed (r/min) n 20,000

MoS; film thickness (um) h 8

Table 3. Bearing material parameters.

Materials Nylon 66 G95Cr18

Elasticity modulus
E (GPa) 2.83 200
Poisson’s ratio p 0.4 0.28
Density p (g/cm?) 1.15 7.8

Coefficient of linear expansion
¢ (1076 °C—1 12 11.5
Heat conductivity coefficient
0.25 29.3
A (W/(m=°C))

In this paper, the classical example of Gupta [37,38] is used to verify the reliability of
the proposed model. Gupta analyzes the stability of solid-lubricated high-speed angular
contact ball-bearing cages. Although the results of the cage stability obtained by the model
are slightly different from those calculated by Gupta, the overall trend is consistent, which
is caused by the different parameters of cage material and lubricant.

As can be seen from [38], the cage mass center orbit shape derived from the Gupta
analysis is consistent with the results of the later sections of this paper. As the cage mass
center whirl velocity at the center of mass of the cage increases, the force between the cage
and the guide surface also increases. The comparison and analysis of the above results
prove that the results calculated in this paper have certain accuracy and reliability. On the
basis of the Gupta analysis model, a variety of structural parameters and working condition
parameters are added to analyze the stability of the cage more comprehensively.

5.2. Influence of Axial Load on Cage Stability

Assuming the angular contact ball bearing used in the rotor system of axial load
working condition had a rotating speed of n; = 20,000 r/min, a radial load of F, =0 N, and
axial loads of 50 N, 75 N, 100 N, 200 N, 300 N, and 400 N, respectively, the relationship
between the centroid trajectory of the cage and the axial load is shown in Figure 12. The
calculated speed deviation ratio of the bearing cage and the maximum force between the
cage and the guide surface of the ring vary with the axial load, as shown in Figure 13.

The maximum force between the cage and ring guide surface decreases with the
increase in axial load. This is mainly because the traction coefficient of a solid lubricant
decreases with the increase in load. In Figure 5 of Section 2, it can be observed that the
traction effect of the raceway on the ball weakens, leading to a reduction in the collision
between the ball and the cage. The cage is guided by the inner ring, and the guiding
force of the ring on the cage tends to remain stable. Therefore, within the range of 50 N to
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400 N axial load, the cage remains stable, and the vortex velocity deviation ratio also tends
to stabilize.
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Figure 12. Centroid trajectories under different axial loads.
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Figure 13. Cage stability and force under different axial loads.

5.3. Influence of Radial Load on Cage Stability

Angular contact ball bearings are under combined loading, and this section assumes
that the bearing ring speed for 7; = 20,000 r/min and F, = 2000 N for radial load, respectively,
0N, 400 N, 800 N, 1200 N, 1600 N, and 2000 N. The centroid trajectories under different
load ratios are shown in Figure 14. The calculated cage vortex velocity deviation ratio and
the maximum force between the cage and the guide surface of the ring vary with the radial
load, as shown in Figure 15.
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Figure 14. Centroid trajectories under different load ratios.

0.5

~

i 7

N
~

o

w
.

A~

Cage vortex velocity deviation ratio
Maximum force between cage and guide surface (N)

/ 13
02 | |
7 = 2
0.1 + I
4
| o= 0
00 b v o v n . V] % .V

0.0 02 0.4 0.6 0.8 1.0
Load ratio (F:/Fa)

Figure 15. Cage stability and force under different load ratios.

The main reason for the cage movement characteristics shown in the figure is that
when the bearing is subjected to a combined load, the load distribution of the balls becomes
increasingly uneven with an increase in radial load. This uneven load distribution leads
to a significant difference in the generation of traction force on the ring, resulting in a
substantial change in the collision force between the ball and the cage pocket at different
azimuth angles, which will cause the collision between the ring guide surface and the cage,
and, ultimately, reduce the stability of the cage.

5.4. Influence of Radial Internal Clearance on Cage Stability

The influence of the initial radial internal clearance on the dynamic performance of
the cage was studied when the cage pocket gap was 0.24 mm and the guide gap was
0.40 mm. With a bearing speed of n; = 20,000 r/min, F, = 2000 N and F, = 800 N conditions,
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as shown in Figures 16 and 17, the velocity deviation ratio of the cage centroid and the
maximum force between the cage and the guide surface of the ring change with the radial
internal clearance.
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Figure 16. Centroid trajectories under different radial internal clearance.
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Figure 17. Cage stability and force under different radial internal clearance.

The results presented in Figure 17 demonstrate that the deviation ratio of the centroid
vortex velocity initially increases, then decreases, and, eventually, increases with the in-
crease of radial internal clearance. Although there is no clear linear relationship between
the stability of the cage and the change in clearance, within the selected range of clearances,
the lowest deviation ratio of the vortex velocity of the centroid and the smallest range of
the centroid’s trajectory circle when the radial internal clearance is 0.06 mm.

The force between the cage and the ring guide surface remains relatively constant as
the radial internal clearance changes, indicating that the clearance has minimal influence
on this force.
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5.5. Influence of Guide Gap Change on Cage Stability

When the cage pocket gap is 0.24 mm and the gap ratio (the ratio of the cage pocket gap
to the guide gap) ranges from 0.2 to 1.2, the bearing condition for speed is n; = 20,000 r/min,
F, =2000 N and F, = 800 N, the influence of the guide gap on the cage stability is studied,
as shown in Figures 18 and 19. Extract the cage of the centroid velocity deviation ratio,

cage and ring guide surface maximum force changing with the guide gap.
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Figure 18. Centroid trajectories under different gap ratios (pocket gap is 0.24 mm).
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Figure 19. Cage stability and force under different gap ratios.

The primary cause of the cage’s unstable movement is attributed to the gradual
decrease in the guide gap and the subsequent reduction in the movement range of the
centroid of the cage as the gap ratio increases. As a result, the collision between the
ring and the cage obviously increases vibration, and the motion stability of the cage
gradually deteriorates.
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5.6. Influence of Cage Pocket Gap Change on Cage Stability

When the guide gap is 0.40 mm and the gap ratio (the ratio of the pocket gap to the
guide gap) varies from 0.2 to 1.2, the influence of the change of pocket gap on the stability
of the cage is studied. Under the conditions of an axial force of 2000 N, radial force of
800 N, and rotation speed of 20,000 r/min, extract the velocity deviation ratio of the cage
centroid, cage, and ring guide surface maximum force changing with guide gap, as shown
in Figures 20 and 21.
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Figure 20. Centroid trajectories under different gap ratios (guide gap is 0.24 mm).
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Figure 21. Cage stability and force under different gap ratios.

The main reason for the unstable movement of the cage is the decrease in the guide
gap as the gap ratio increases. This leads to a decrease in the movement range of the cage’s
centroid and causes obvious collisions between the ring and the cage, resulting in increased
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vibration and weakened motion stability of the cage. Therefore, it is important to pay
attention to the matching between the cage pocket gap and the guide gap in the design of
the cage, ensuring that the cage remains in a stable vortex state to improve the reliability of
bearing applications.

6. Conclusions

This study focuses on solid-lubricated angular contact ball bearings operating in an
ultra-low temperature environment. The traction coefficient of the MoS;, solid lubricat-
ing materials was first obtained through experiments, and the Gupta fitting model was
constructed to derive the traction equation. Then, the bearing dynamic model was estab-
lished, and the bearing cage stability analysis was carried out. The conclusions are drawn
as follows:

(1)  When the load is constant, the solid lubricating material’s traction coefficient first
rises and then slightly declines as the sliding speed rises. The traction coefficient falls
with an increase in load while the sliding speed is constant. Less than 10% of errors
exist between the experimental data and the traction curve fitted by the Gupta model,
indicating high accuracy. MoS, has better friction performance.

(2)  When the bearing speed #; is 20,000 r/min and radial load F; is 0 N, the cage stability
increases with increasing axial force. When the bearing speed #; is 20,000 r/min and
F, is 2000 N, the cage stability declines as the radial load increases.

(3) When the cage pocket gap was 0.24 mm, the guide gap was 0.40 mm, the bearing
speed n; is 20,000 r/min, F, is 2000 N, and F; is 800 N conditions. The cage stability is
optimal when the radial internal clearance of the bearing is approximately 0.06 mm.

(4) The ratio of the cage pocket gap to the cage guide gap was studied, ranging from 0.2
to 1.2. When the ratio is 0.2, the stability of the cage is the best, which can improve the
application reliability of the bearing.
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Abstract: Rolling mill bearings are prone to wear, erosion, and other damage characteristics due
to prolonged exposure to rolling forces. Therefore, regular inspection of rolling mill bearings is
necessary. Ultrasonic technology, due to its non-destructive nature, allows for measuring the oil film
thickness distribution within the bearing during disassembly. However, during the process of using
ultrasonic reflection coefficients to determine the oil film thickness and distribution state of rolling
mill bearings, changes in bearing temperature due to prolonged operation can occur. Ultrasonic
waves are susceptible to temperature variations, and different temperatures of the measured structure
can lead to changes in measurement results, ultimately distorting the results. This paper proposes
using density and sound speed compensation methods to address this issue. It simulates and analyzes
the oil film reflection coefficients at different temperatures, ultimately confirming the feasibility and
effectiveness of this approach. The paper establishes a functional relationship between bearing
pressure and reflection coefficients, oil film thickness, and reflection coefficients. This allows for the
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working condition of most machinery [1,2]. Under normal circumstances, the thickness of

the oil film in bearings undergoes variations within a specific range, ensuring the normal
functioning of the bearings. A fragile oil film can lead to bearing wear, impacting both
the lifespan and operational precision of the bearings. On the other hand, an excessively
thick oil film can result in viscous dissipative losses, affecting the overall performance
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ensuring the smoothness of the optical path and installing sensors in the bearings, making
it impractical for use in rolling mill bearings. Electrical measurement relies too much
on the conductivity of the bearing structure, leading to measurement failure in complex
electromagnetic environments and susceptibility to external interference. Ultrasonic mea-
surement, being easy to operate with strong adaptability, is widely used in various bearing
oil film thickness measurements. Presently, leveraging the advantages of non-destructive
ultrasonic testing, various methods for measuring the oil film thickness in bearings have
been proposed, playing a pivotal role in industrial production.

Ultrasonic waves exhibit exceptional sensitivity to variations in the propagation
medium, allowing for precise reflection of the oil film conditions at different states and
thicknesses. Zhang et al. [12] employed piezoelectric elements as substitutes for traditional
commercial ultrasound probes, addressing issues related to the large volume of conven-
tional probes that hinder comprehensive component detection. Dou et al. [13] proposed
using the reflection coefficient phase spectrum method, enabling accurate measurement of
oil film thickness across a wide range. This demonstrates that ultrasound can precisely mea-
sure the thickness of bearing oil films at different levels. Beamish et al. [14,15] measured the
radial bearing circumferential oil film thickness, utilizing ultrasound amplitude, phase, and
resonance tilt technologies to collectively reflect the bearing oil film’s thickness. Through
finite element analysis, Dou et al. [16] assisted in examining the oil film thickness of bearing
races. Combining finite element simulation with experimental methods enhanced the reso-
lution of oil film thickness and identified uneven oil film distribution as the leading cause
of measurement errors. Jia et al. [17] employed self-calibration and pre-calibration methods
to measure the oil film thickness in heavy-duty hydroelectric generators, demonstrating
high accuracy. Wei et al. [18] monitored bearing oil film thickness and state in aviation fuel
pumps online. The maximum relative error met measurement requirements, highlighting
ultrasound technology’s superior online monitoring capability. Gray et al. [19], based on
the different physical properties of lubricating oils, explored the replacement of different
types of lubricating oils under ultrasound monitoring. This suggests that ultrasound can
study lubrication mechanisms without altering components.

The studies above robustly demonstrate the significant advantages of ultrasound in
the long-term monitoring of oil film thickness and its state. However, due to the sensitivity
of ultrasound, measurement precision can be compromised by various interfering factors.
In engineering detection, factors such as the coating thickness of bearings [20,21], ultra-
sound incident angle [22], and the temperature of the structure being measured [17,23] all
have specific impacts on detection accuracy. When precise measurements are required, it
is crucial to eliminate the errors above. During plate rolling processes, it is necessary to ad-
just the value of rolling force according to the rolling requirements. Different rolling forces
will affect the operating temperature of bearings, thereby influencing the measurement ac-
curacy of bearing oil film thickness. Some scholars have already measured bearing oil film
thickness under thermal expansion conditions and achieved high-precision results [24,25].
However, most detection methods do not account for the influence of temperature on
measurement accuracy. Particularly in environments with significant temperature vari-
ations, there is often a certain degree of error between most oil film measurements and
actual results. During temperature changes, the density of the medium and its internal
sound speed are affected. Recently, some scholars have proposed using density and proper
speed compensation strategies to enhance oil film thickness measurement accuracy under
various temperature conditions [17,23]. Therefore, this paper considers multiple aspects,
including pressure, temperature, and sound velocity. Based on these considerations, by
adjusting different bearing loads, the density and sound velocity corresponding to the
temperature conditions of the load are calculated. This aims to verify the application of
density and sound velocity compensation methods in oil film thickness measurement.
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2. Basic Theory of Acoustic Models

In the process of ultrasound propagation through multiple layers of media, reflections,
and transmissions occur at acoustic boundaries due to the varying acoustic impedance
of each layer. Thickness is one of the primary factors influencing the propagation of
ultrasound. Different thicknesses of the medium result in varying reflection effects on
ultrasound. Exploiting this phenomenon, the thickness of the oil film in bearings can be
calculated through reflection coefficient analysis. Given the relatively thin nature of the oil
film, the intermediate oil film layer is simplified as a lightweight spring [26], as illustrated
in Figure 1. I and III are the media on both sides of the oil film, and II is the oil film layer.
Yellow and green only represent the medium on both sides of the oil film and have no
actual meaning. The material parameters are shown in Table 1.

I I

1
—W—
i T
— —

;

—W—

x=0 x=h
Figure 1. Ultrasound spring model.

Table 1. Material parameters.

Material Density (kg/m3)

Iron 7850 5900
Oil 910 1740

Speed of Sound (m/s)

According to the propagation characteristics of elastic waves in a medium, the dis-
placement and stress of longitudinal waves are given by [27]:

u(x) — Aeiwx/c 4 Be—iwx/c 1
o(x) = iwz(Aelw¥/¢ — Be~iwx/c) M
The transmission of sound waves between different media requires continuity of
displacement and stress at the interface between these media, considering x = 0 and x = &
as the same boundary. It is understood that the continuous propagation of elastic waves
necessitates equal displacement and stress on both sides of x = 0 and x = h. Neglecting
the inertial factors of the oil film and assuming the amplitude of the incident sound wave
is 1, the calculation formula for the acoustic reflection coefficient in the spring model is
obtained [28].
71 —z3+iw(z123) /K
Tz +z3 tiw(z1z3) /K

This leads to the relationship between the reflection coefficient in the spring model
and the oil film thickness [29].

@

R— (z1 —z3) + iwhzlzg./(pzc%) 3)
(21 + 2z3) + iwhz1z3/ (p2c3)
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3. Establishment of Finite Element Model

The properties of a solid are governed by the differential equations, which control
phenomena such as the propagation of sound waves and deformation, along with other
factors influencing substantial transformations. The equation is represented as follows:

o%u
Pom = V-s+F, 4)

In the bearing structure, a coupled interface exists between solid and liquid. It requires
simultaneous consideration heat-transfer equation and the fluid heat-transfer equation to
control the transfer of heat within the bearing. The heat-transfer equation in the solid is
represented as follows:

pcp%;[t‘—‘rpcpu.VT—i_v'q:Q_'_QtEd (5)
q=—kVT

The heat-transfer equation for the fluid is represented as follows in Equation (7), with
its basic form being similar to the heat-transfer equation for solids.

pcp%—f+pcpu-VT+V.q:Q+QP+QW ©)
q=—kVT

By jointly controlling the aforementioned differential equations, the influence of
changes in the oil film thickness of bearings on the ultrasound reflection coefficient under
different temperature conditions is determined. This information establishes a formula for
calculating the reflection coefficient under temperature compensation.

Ultrasound excitation signals typically use single-level or multi-level digital pulse
signals. However, when propagating through multi-layered media, the output form of
such pulse signals exhibits lower parameter accuracy. It contains numerous high-order
harmonics, impacting the simulation accuracy of sound wave transmission and failing to
meet simulation requirements. Therefore, a modulated sine function is chosen to exclude
substantial interference from clutter in the detection signal, as shown in Equation (8).

2
v(t) = exp { <t;03§()> ] sin(27t fot) (7)

Due to the significant computational time required for three-dimensional models in
COMSOL, this model only considers the propagation of sound waves on a plane. A two-
dimensional finite element model is established based on bearing data, and the material
and boundary conditions of the finite element model are set as shown in Figure 2.

The model only analyzes the characteristics of the first echo; thus, it is necessary
to eliminate the interference of multiple echoes on the measurement results. The Low-
Reflecting Boundary (LRB) is commonly used to remove the interference of multiple
reflected waves on the normal propagation of acoustic waves within the model. When
the acoustic wave propagates to the boundary, the LRB ensures that the wave does not
reflect in the time-domain or frequency-domain analysis. It acquires material data from the
domain to create a perfect impedance match for pressure waves and shear waves.

When acoustic waves propagate in solids and fluids, their governing equations differ.
When the acoustic wave propagates to the coupled boundary between solid and fluid, it is
necessary to establish a coupling relationship to calculate the propagation of the acoustic
wave at the coupled boundary. The Acoustic-Structure Boundary is used to couple pressure
acoustic models with any structural component. This functionality couples with solid
mechanics, elastic waves, shells, layered shells, membranes, and multibody dynamics
interfaces. The coupling includes fluid loads on the structure and structural accelerations
experienced by the fluid. For thin internal structures with fluid on both sides, such as shells

71



Lubricants 2024, 12,125

or membranes, a slot is added in the pressure variable, and attention is paid to coupling
the upper and lower sides.

Incident

Low-Reflecting Bg ic-Structure Boundary

Steel AISI 4340

Engine Oil

Figure 2. Finite element model: Boundary conditions and material settings.

Considering the need for efficient calculations while ensuring convergence during
finite element computations, it is crucial to optimize computational efficiency. In finite
element mesh generation, the mesh should be refined at the contact interfaces between
different media based on the speed of sound in different media and the contact positions
between media. Therefore, reasonable refinement of the mesh is required at various contact
interface locations. When the mesh size is set between 1/6 and 1/5 of the wavelength, the
relative error of the computed results is relatively small, proving that a mesh size between
1/6 and 1/5 of the wavelength is the optimal mesh density.

However, for the grids between the contact areas of different media layers, the mesh
needs to be appropriately reduced, as reflections and transmissions of sound waves on the
contact surface need to be calculated with high precision. The relative error approaches zero
when the mesh size is less than 1/10 of the wavelength. Considering the computational
time, a mesh size of 1/10 of the wavelength is chosen for these contact areas [22,30].

The model employs fully coupled transient methods, determining the wavelength
of incident acoustic waves based on the mesh partition of the finite element model,
ensuring convergence of the model within a certain range. By adjusting the boundary
conditions of the model, convergence of the acoustic wave propagation at the boundary
is ensured. Within the bearing model, there are multiple physics field couplings. The
generalized o method within the implicit solver is employed for time stepping. The
solver utilizes a free time step while determining the maximum step size to be 3 x 1078.
The backward Euler method is set with a safety factor of 20 for linear elements. Residuals
of each physics field tend to stabilize during computation, and the convergence plot in
COMSOL exhibits a smooth trend, indicating good convergence of the model and correct
convergence condition settings.

4. Simulation Results Analysis
4.1. Analysis of Reflected Ultrasonic Signals at Different Temperatures

After performing Fourier transform on the reflected ultrasonic waves, the amplitude
and phase of the reflected signal can be obtained. The reflection coefficient of the oil
film is typically calculated using the reference signal and the reflected signal after Fourier
transformation. Considering the temperature factor, the reflected ultrasonic wave at 20 °C is
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chosen as the reference signal, while the reflected ultrasonic waves under other temperature
conditions are used as the reflected signals [31].

RO = 3 Kol ®
O(f) = 0(f) — 6o (f) + Po(f) ©)

In ultrasonic measurement of bearing oil film thickness, there are three models in-
volved: the spring model, the phase shift model, and the resonance model. Depending
on the thickness of the oil film, the appropriate model is selected to calculate the oil film
thickness. Since the effect of temperature on the signal characteristics corresponding to
different oil film thicknesses is unknown, oil films with thicknesses of 20 pm and 100 um
are selected for analysis to assess the impact of temperature on the reflected acoustic wave
signal. The 20 um thick oil film exhibits characteristics of both the spring model and the
phase shift model, while the 100 um thick oil film presents characteristics of the resonance
model. Therefore, the oil film with a thickness of 100 um is chosen for the analysis and
calculation of temperature interference.

Setting the oil film thickness to 20 um, the model is configured with temperatures of
30 °C, 50 °C, 70 °C, 90 °C, and 110 °C in the solid and fluid heat transfer modules, and the
computation of reflected ultrasonic waves is performed. The resulting time-domain signals
are shown in Figure 3.

- 4
(=1
X ——20°C
——30°C
——50°C
2f ——70°C
———90°C
H 110°C
&
B op——
Z
5
=9
,2 -
,4 1 1 1 1
1.5 2.0 2.5 3.0 315! 4.0

Time(s) x107¢

Figure 3. The influence of temperature on acoustic signals under the condition of a 20 um thick
oil film.

According to Figure 3, it can be observed that the amplitude of the reflected ultrasonic
wave remains relatively unchanged as the temperature increases. However, the phase
gradually shifts to the right. Performing Fourier transform on the data yields the results
shown in Figure 4a,b. The change in the amplitude of the reflected ultrasonic wave in the
frequency domain follows a similar pattern to its time-domain counterpart, with minimal
and localized variations that make it challenging to discern the impact of temperature on
the amplitude. The phase of the reflected ultrasonic wave exhibits a regular variation in
the frequency range, with the phase trend gradually shifting to the left as the temperature
increases within the 6 MHz frequency range. The phase signal change is more pronounced
than the amplitude signal.
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Figure 4. The Fourier transform data: (a) amplitude, (b) phase.

By substituting the signal information from Figure 4 into Equations (8) and (9), the
amplitude and phase of the reflection coefficient in the frequency domain under the influ-
ence of temperature on the reflected ultrasonic wave for a 20 um oil film thickness can be
obtained, as shown in Figure 5. Figure 5a represents the amplitude of the reflection coeffi-
cient, where most of the reflection coefficients are entwined within the frequency range,
making it challenging to analyze the impact of temperature on the reflected ultrasonic wave
signal from the amplitude of the reflection coefficient. Figure 5b represents the phase of
the reflection coefficient, and it can be observed that the phase of the reflection coefficient
varies significantly under different temperature conditions. Moreover, the phases of the
reflection coefficients are independent of each other, without entanglement or intertwining
phenomena. The impact of temperature on the reflected ultrasonic wave can be more
clearly reflected through the variation in the reflection coefficient phase.
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Figure 5. Frequency domain reflection coefficients: (a) amplitude, (b) phase.

Setting the oil film thickness in the finite element model to 100 pm, and keeping
other conditions unchanged, the impact of temperature on the reflected ultrasonic wave is

74

0.5

0.0

Reflection coefficient phase

4

2 3

Frequency(MHz)

(b)




Lubricants 2024, 12,125

recalculated. The changes in the time-domain-reflected ultrasonic wave signals obtained
from the finite element calculation are shown in Figure 6. Similar to the pattern observed
with a 20 pm thick oil film, the amplitude of the reflected ultrasonic wave remains relatively
unchanged when the temperature increases. However, the phase of the ultrasonic wave
signal gradually shifts to the right as the temperature increases.

5

%107

Pressure (N/m?)
T

1.5 2.0 2.5 3.0 3.5 4.0
Time (s) X107

Figure 6. The influence of temperature on acoustic signals under the condition of a 100 pm thick
oil film.

After performing Fourier transform on the time-domain signals, frequency-domain
signal images are obtained, as shown in Figure 7. Figure 7a represents the amplitude image
of the reflected ultrasonic wave, while Figure 7b represents the phase image of the reflected
ultrasonic wave.
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Figure 7. The Fourier transform data: (a) amplitude, (b) phase.

According to Figure 7, the variation in the amplitude of the reflected ultrasonic wave
in the frequency domain follows a similar pattern to its time-domain counterpart. The
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Reflection coefficient amplitude

0.5

amplitude changes are less pronounced, and the degree of amplitude variation is much
smaller than that under the condition of a 20 pm oil film thickness. It is challenging to
discern the impact of temperature on the reflected ultrasonic wave from the amplitude
of the reflection coefficient. The phase of the reflected ultrasonic wave exhibits a regular
variation in the frequency range, with the phase signal gradually shifting to the left as
the temperature increases within the given range. The phase signal shows a regular and
systematic change within the frequency range. Compared to the amplitude signal, the
phase signal provides more compelling information, and its acquisition is relatively more
straightforward, requiring less computational effort.

To demonstrate the influence of temperature on the phase of the ultrasonic wave, the
reflection coefficient is used to characterize the relationship between the temperature and
the reflected ultrasonic wave. Substituting the frequency-domain signals obtained after
Fourier transform from Figure 7 into Equations (8) and (9), the amplitude and phase of
the reflection coefficient in the frequency domain under the influence of temperature on
the reflected ultrasonic wave for a 100 um oil film thickness can be obtained, as shown in
Figure 8.

Reflection coefficient phase

3 4 5

Frequency(MHz) Frequency(MHz)

(a) (b)
Figure 8. Frequency domain reflection coefficients: (a) amplitude, (b) phase.

Figure 8a represents the amplitude of the reflection coefficient in the frequency domain.
Compared to Figure 5a, the entanglement of this reflection coefficient amplitude is lighter.
However, due to the small degree of variation in the amplitude of the reflection coefficient
within the frequency range, it remains challenging to judge the impact of temperature
on the reflected ultrasonic wave from the amplitude. Figure 8b represents the phase of
the reflection coefficient in the frequency domain. There is a noticeable difference in the
phase of the reflection coefficient under different temperature conditions. The phase of the
reflection coefficient within this range can be used to establish the relationship between
the reflected ultrasonic wave and temperature. In the 2-4 MHz range, the variation in the
phase of the reflection coefficient is relatively regular. With the increase in temperature, the
phase of the reflection coefficient gradually decreases, consistent with the trend of signal
changes in the time domain. However, it provides a more straightforward way to obtain
relationship information.

Through simulations under the coupling conditions of reflected ultrasonic waves and
temperature fields with oil film thicknesses of 20 um and 100 pum, it can be observed that
the temperature variation has minimal impact on the amplitude of the reflected ultrasonic
wave. However, it does specifically affect the phase of the reflected ultrasonic wave. With
the increase in temperature, there is a trend of overall rightward shift in the reflected
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ultrasonic wave signal, indicating that temperature influences the phase relationship of the
reflected ultrasonic wave. For the 20 um oil film thickness condition, the spring model and
phase shift model control the characteristics of the reflected ultrasonic wave. In contrast,
for the 100 um oil film thickness condition, the resonance model holds the characteristics
of the reflected ultrasonic wave. The simulation results also indicate that the effect of
temperature on the reflected ultrasonic wave is independent of the model containing the
reflected ultrasonic wave. In other words, when analyzing the impact of temperature on
the reflected ultrasonic wave, there is no need to consider the influence of oil film thickness
on the reflected ultrasonic wave.

Because temperature affects the phase and amplitude of acoustic signals but does not
impact the overall form of the signals, the degree of temperature influence on the signals
can be analyzed through amplitude attenuation and waveform expansion factors. The
amplitude attenuation factors and waveform expansion factors under the conditions of
20 pm and 100 um oil film thickness are shown in Figures 9 and 10, respectively.
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Figure 9. The trend of the amplitude attenuation factor.
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Figure 10. The trend of the waveform expansion factor.
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The amplitude attenuation factor is employed to analyze the trend of amplitude
changes between signals, which are calculated by comparing the amplitude of the original
signal with that of the transformed signal. Figure 9 shows that with the increase in
temperature, the amplitude attenuation factor gradually decreases, indicating a reduction
in amplitude compared to the original signal for the transformed signal.

The waveform expansion factor is utilized to analyze the trend of time difference
changes between signals, calculated by determining the time difference between the peak
values of the original signal and the transformed signal. Figure 10 shows that the waveform
expansion factor for the 100 pm oil film thickness increases with rising temperature, reach-
ing a plateau when the temperature exceeds 30 °C. The 20 um oil film thickness waveform
expansion factor shows no significant change below 90 °C due to the giant time step in
the finite element calculation. Further refinement of the time step can yield more accurate
waveform expansion factors. By analyzing the existing waveform expansion factors, it can
be inferred that the peak values of the reflected acoustic signals gradually shift to the right
as the temperature increases.

In the above analysis of the frequency and time domain characteristics of the signals,
it has been demonstrated that temperature changes affect both the amplitude and phase
of the reflected acoustic signals. The next step will involve compensating for these
temperature-induced effects on the reflected acoustic signals to improve the accuracy of
oil film thickness measurements.

4.2. Compensation of Reflected Acoustic Signals

The temperature variation has a significant impact on the acoustic properties of the
medium. The density and speed of sound of the material jointly control acoustic properties.
Compensating for the reflected acoustic signals involves adjusting the medium’s density
and speed of sound. For lubricating oil compensation, Dowson and others proposed the
following compensation formula.

C1P _cyr-my) (10)

pT*p01+Cp

Table 2 shows the variation function of the sound velocity and density of the medium
at different temperatures. The variation in the density and sound velocity of the medium
at different temperatures in COMSOL follows this functional trend. When calculating
the thickness of the bearing oil film based on the acoustic reflection coefficient, it is
necessary to consider the density and sound velocity of the medium. Usually, when
calculating the thickness of the oil film, the influence of the bearing temperature on the
reflection coefficient is not considered, and the actual density and sound velocity do not
match the theoretical density and sound velocity. Correcting the medium density and
sound velocity in COMSOL can compensate for the reflected acoustic signal. In practice,
adjusting the incident acoustic signal can compensate for the reflected acoustic signal at
different temperatures [23].

Table 2. The density and speed of sound of the medium at different temperatures [23]. Repro-
duced with permission from Yaping Jia, Tonghai Wu, Pan Dou and Min Yu, Wear; published by
Elsevier, 2024.

Medium Density Speed of Sound
Oil o =910/(1+ 0.0007(T — 20)) ¢ =0.0039T2 — 3.39T + 1740
Iron 0 =7850/(1+ 3a(T —273)) ¢ =5900 x 103(1 — 11a(T — 273))

In COMSOL, the parameters of each material were adjusted according to the functions
in Table 2, and finite element calculations were conducted again. The time-domain reflection
acoustic signals are shown in Figure 11. In the figure, the reflected acoustic signals at
various temperatures, after compensation, are nearly overlapping, demonstrating that
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compensating for the density and speed of sound is a practical approach to enhance
measurement accuracy.
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Figure 11. The time-domain signal waveforms after compensation.
The Fourier-transformed signals after compensation are presented in Figure 12, illus-
trating their amplitude and phase spectra.
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Figure 12. The Fourier-transformed signals after compensation: (a) amplitude, (b) phase.

The calculated reflection coefficient amplitude and phase after compensation are
shown in Figure 13. The amplitude curves of the reflection coefficient are closely aligned
and indistinguishable between different temperatures. Compared to uncompensated
signals, the compensated curves are numerically closer, making it nearly impossible
to discern the impact of temperature on the reflection ultrasonic signals based on the
reflection coefficient amplitude alone. In the compensated reflection coefficient phase,
it is evident that the temperature-induced phase lag effect persists, but its magnitude
is reduced. The compensated reflection coefficient phase is less than —0.25, half of
the uncompensated reflection coefficient phase. This demonstrates the effectiveness

79



Lubricants 2024, 12,125

of paying for density and speed of sound in the frequency domain. For practical oil
film thickness measurements that do not require extremely high precision, temperature
compensation for the medium’s density and speed of sound is sufficient to meet basic
measurement requirements.
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Figure 13. The frequency domain reflection coefficient of the compensated signals: (a) amplitude,
(b) phase.

In the time domain, the signals” amplitude decay factor and waveform expansion
factor are depicted in Figure 14. The maximum difference between amplitude decay factors
is 0.0012, indicating that the amplitudes of the compensated signals between different
temperatures remain almost unchanged. Due to the enormous time step, the waveform
expansion factor of the compensated signals does not change, making it impossible to
assess the correlation between waveform signals using the waveform expansion factor.
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Figure 14. The trends of amplitude decay factors and waveform expansion factors for the compen-
sated signals.
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The feasibility of improving the accuracy of oil film thickness measurement by compen-
sating for density and speed of sound under temperature variations has been demonstrated
through the characteristics of signals in both time and frequency domains. Depending on
temperature changes, the relationship function between the density and speed of sound for
solid media is represented by Equation (11).

pr = 7850/ (1 + 3a(T —273)) (11)
¢t = 5900 x 10%(1 — 11a(T — 273))
The relationship function between density and speed of sound in liquid media is given
by Equation (12).
pr = 910/(1 + 0.0007(T — 20))

¢ = 0.0039T2 — 3.39T + 1740 (12)

Equations (11) and (12) represent functions describing the relationship between tem-
perature and density, and temperature and speed of sound, respectively. The reflection
coefficient is related to the medium’s density and speed of sound. A relationship function
between the reflection coefficient and temperature is established, considering temperature
as the independent variable. As the temperature changes, the medium'’s density and speed
of sound change synchronously in the equation to avoid computational errors arising from
discrepancies between actual and theoretical densities and speeds of sound. The formula
for calculating the compensated reflection coefficient is given by Equation (13).

2(T) +z1(T)

In the time domain, compared to the reflected acoustic wave signal without tempera-
ture compensation, the compensated signal exhibits similar amplitudes, and the trend of
phase shift is less noticeable. By calculating the amplitude attenuation factor and waveform
expansion factor of different temperature waveforms, it is observed that the factors of the
compensated signal tend to approach 0, indicating a convergence of different signals. In
the frequency domain, judging the effect of temperature on the reflected acoustic wave
based on the trend of amplitude change in the reflection coefficient is difficult. However,
the phase of the reflection coefficient varies significantly with the temperature, with an
upward shift in temperature causing a downward shift in the phase of the reflection coeffi-
cient. Through signal analysis in both the time and frequency domains, the effectiveness
of temperature compensation for the reflected acoustic wave signal is demonstrated. This
technique can be effectively applied to the measurement of bearing oil film thickness un-
der various temperature conditions, thereby improving the accuracy of bearing oil film
thickness measurement.

5. Compensation of Reflection Coefficients in Sliding Bearings under Multiple
Temperature Conditions

During the sheet rolling process, variations in rolling force lead to different shear
forces on the lubricating oil in the rolling mill bearings, resulting in varying temperatures
of the bearing oil film. Under normal rolling loads, bearing temperatures typically range
from 45 to 55 °C. If the bearing temperature exceeds this range, wear and scuffing may
occur, and so temperatures must be maintained within the normal range to extend the
working life of the bearings. A three-dimensional finite element model is established using
COMSOL, incorporating modules such as Heat Transfer in Films Interface, Hydrodynamic
Bearing Interface, Solid Mechanics Interface, Heat Transfer in Solids Interface, and coupling
through the Multiphysics Branch with the inclusion of the Thermal Expansion module.
This model simulates the bearings’ temperature and oil film thickness variations under
different pressure conditions.

Different journal loads are set in the hydrodynamic bearing based on different rota-
tional speed conditions to calculate the oil film thickness and temperature under various
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loads. The oil film thickness and temperature of the bearing under different loads are
shown in Figure 15. It can be observed that there is a linear relationship between the
bearing oil film thickness and the bearing load, with the oil film thickness decreasing as the
load increases. The bearing oil film temperature shows a quadratic function relationship
with the load, with the oil film temperature increasing as the load increases.
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Figure 15. Variations in oil film thickness and temperature under different rotational speeds: (a)
pressure—film thickness, (b) pressure—temperature.

The fitting functions for pressure—temperature and pressure—film thickness are given
by Equation (14). Based on these appropriate functions, temperatures and film thicknesses
under different pressure conditions can be calculated, avoiding the inefficiency caused
by multiple simulations. This demonstrates the functional relationship between pressure,
temperature, and film thickness in actual bearings. When measuring bearings in a factory
setting, this fitting function can be utilized to calculate and analyze oil film thickness under
different conditions.

f=kP+b (14)
t=AP2x107°+BP+C
The coefficients in Equation (14) are listed in Table 3.
Table 3. Coefficients of fitting functions for temperature and film thickness equations.
Parameter Items Numeric Value
Rotation speed (rpm) 100 150 200 250 300
Slope k —0.0066 —0.0057 —0.0049 —0.0043 —0.0038
Coefficient b 46.5105 48.4431 49.3195 49.7299 49.9161
Coefficient A 1.4117 1.2507 1.2317 1.1163 0.9667
Coefficient B —0.00206 —0.00181 —0.00220 —0.00208 —0.00172
Coefficient C 26.5625 31.7585 38.3206 45.4576 53.1523

Considering the variations in density and sound speed induced by temperature, the
reflection coefficients of the oil film under different pressure conditions are calculated based
on the equation. Furthermore, the reflection coefficients after compensation for density and
temperature are shown in Figure 16.
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Figure 16. Reflection coefficients of the bearing oil film.

The error values between uncompensated reflection coefficients and compensated
reflection coefficients are shown in Figure 17. The errors exhibit a linear trend between
different oil film thicknesses, and the error gradually decreases with the increase in oil
film thickness.
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Figure 17. Error values of the reflection coefficient for bearing oil film thickness.

When the oil film thickness is less than 35 pum, there is a significant error between
the reflection coefficients, making it impractical to calculate the oil film thickness changes
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using uncompensated reflection coefficients. However, when the oil film thickness exceeds
35 pum, the error between the reflection coefficients is relatively tiny. When measurement
precision is not critical, uncompensated reflection coefficients can be used to calculate the
oil film thickness. In cases of thin oil film, most of the acoustic waves transmit through the
oil film without significant reflection at the interface with steel. Therefore, the reflection
coefficient for a thin oil film is small. As the temperature increases, the density and speed
of sound for the oil film and steel are significantly affected, resulting in increased reflection
coefficients. This effect impacts the measurement of oil film thickness. Conversely, in the
case of a thick oil film, most acoustic waves reflect at the oil film—steel interface, with only
a tiny portion transmitting through. Consequently, the influence of temperature on the
reflection coefficients is minimal in this scenario, resulting in a slight difference between
the reflection coefficients under different temperatures. The fitted function for the reflection
coefficient error in Figure 17 is given by Equation (15).

e =koh+a, (15)
The coefficients of the fitted function are provided in Table 4.

Table 4. Coefficients of the error—oil film thickness fitting function.

Parameter Items Numeric Value
Rotation speed (rpm) 100 150 200 250 300
Coefficient k, —0.018 —0.019 —0.019 —0.019 —0.019
Coefficient a, 0.95 0.95 0.97 0.98 0.99

The fitting function of the reflection coefficient error indicates that the temperature’s
influence on the reflection coefficient exhibits an exponential change, i.e., the bearing
pressure shows an exponential change in its effect on the reflection coefficient. Figure 18
shows the variation between bearing pressure and reflection coefficient error.
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Figure 18. Error values of the reflection coefficient for bearing oil film pressure.
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The relationship between bearing pressure and error values of the reflection coeffi-
cient is also an exponential function. Under the known conditions of bearing pressure,
after measuring the reflection coefficient of the bearing oil film, the error in the reflection
coefficient can be compensated using Equation (16), avoiding the calculation errors caused
by unknown oil film thickness and distribution.

E=keP x 107 +af (16)
The coefficients of the fitting function are shown in Table 5.

Table 5. Coefficients of the error—pressure fitting function.

Parameter Items Numeric Value
Rotation speed (rpm) 100 150 200 250 300
Coefficient kg 12.49 11.05 9.65 8.47 7.49
Coefficient ag 0.077 0.038 0.022 0.015 0.012

According to Equation (16), the reflection coefficient error of the oil film thickness
can be calculated under any bearing pressure conditions. When the bearing pressure
exceeds a certain level, using this formula to calculate the reflection coefficient error
becomes less significant.

The mathematical model’s goodness of fit is analyzed using the coefficient of deter-
mination R2, where a value approaching 1 indicates a good fit. However, R? is greatly
influenced by the independent variables, and having a large number of independent vari-
ables may render R? ineffective. Therefore, the adjusted coefficient of determination, which
considers the degrees of freedom, is used to characterize the fit of the mathematical model.
The R? and adjusted R? of the aforementioned mathematical model are presented in Table 6.
As the coefficients in Table 6 approach one, this indicates an excellent fit of the mathematical
model, suggesting that it can be used to compensate for errors in the reflection coefficients
under multiple temperature conditions, thereby achieving compensation in the bearing
model measurement.

Table 6. Coefficient of determination and adjusted coefficient of determination.

R? Adjusted R*
Figure 15a  0.9717  0.99086  0.99754  0.99953  0.99992 096604  0.98903  0.99705  0.99944  0.99999
Figure 15b  0.99544 099311 099159  0.99324 09956  0.99241 098852  0.98598  0.98873  0.99266
Figure 17 0.99985  0.99985  0.99999  0.99998 099999 099982  0.99982  0.99999 099998  0.99998
Figure 18~ 0.97878 099573  0.99916  0.99976 099987 097348  0.99467  0.99895 099970  0.99983

6. Conclusions

This paper introduces an error compensation method for measuring oil film thick-
ness using ultrasonic waves at different temperatures. The process is applied to
measure the oil film thickness of bearings at various temperatures. Conclusions are
drawn through the analysis of finite element models under different temperature con-
ditions, specifically focusing on the calculation results of the bearing oil film acoustic
reflection coefficients.

(1) Temperature is crucial to the measurement of the acoustic reflection coefficient in
bearing oil film thickness. As the temperature increases, the phase of the reflected
sound wave lags and the amplitude gradually decreases. This phenomenon is verified
through analysis in the time and frequency domains. Therefore, when accurately
measuring the thickness of bearing oil film, it is necessary to consider the impact of
temperature on the density and sound speed of the medium and compensate for the
reflection coefficient.
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(2) By adjusting the density and sound speed, the measurement model of the oil film
reflection coefficient under multiple temperature conditions was compensated. The
time-domain simulation results showed that in the compensated model, the reflected
sound waves almost overlapped, with small changes in amplitude attenuation factors,
but there was still a lag in phase. In the frequency domain, the reflected sound wave
amplitudes under different temperatures were similar and remained stable. This
presented a challenge for solving the phase lag problem.

(3) Based on signal compensation under multiple temperature conditions, a model of
liquid dynamic pressure bearing was established, and the changes in the oil film of
the bearing under different load conditions were analyzed. As the load increases, the
temperature of the oil film increases and the thickness of the oil film decreases. The
simulation results show that there is an error between the thickness of the oil film
and the reflection coefficient. By establishing an error model, the calculation problem
of reflection coefficient error is solved, which lays a foundation for analyzing the
influence of temperature on reflection coefficient error.

Based on the findings from the research above, a method for detecting the thickness
of hydrodynamic-bearing oil films under multiple temperature conditions has been es-
tablished. This method addresses the errors introduced by temperature variations in oil
film thickness measurements, ensuring the feasibility of measuring hydrodynamic bearing
oil film thickness under different temperature conditions. It improves the accuracy of oil
film thickness detection that may be affected by temperature issues, providing theoretical
support for industrial applications.
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Nomenclature
Symbol  Unit
u m Displacement of elastic waves.
w Hz Angular frequency of incident sound wave.
A - Amplitudes of the incident waves.
B - Amplitudes of the reflected waves.
c m/s Speed of sound.
z kg/(m?-s)  Acoustic impedance. z = pc.
R - Acoustic reflection coefficient.
14 kg/m?3 Density.
K N/m K = —dp/dh.
s Pa Stress tensor.
u m/s Velocity field defined at the velocity grid nodes.
cp J/kg-°C Solid heat capacity under constant pressure.
F, N Load vector.
Q W Heat source.
k W/(m-K) Reliable thermal conductivity.
Qp w Pressure work.
Qted w Thermoelastic damping.
o(t) m/s Specified velocity on the boundary.
Qud w Viscous dissipation.
[R(F)| - Amplitude of the reflection coefficient.
Ty s Signal period.
Ap(f) - Amplitude of the reference signal in the frequency domain.
A(f) - Amplitude of the reflected ultrasonic wave in the frequency domain.
D(f) rad Phase of the reflection coefficient.
[Ro(f)| - Reflection coefficient of the reference signal in the frequency domain, typically taken as one.
0o (f) rad Phase of the reference signal in the frequency domain.
0(f) rad Phase of the reflected ultrasonic wave in the frequency domain.
oT kg/m? Density at temperature T.
Do(f) rad Phase of the reflection coefficient of the reference signal in the frequency domain, typically taken as 0.
G Pa~! Density—pressure coefficient.
00 kg/m?3 Density at temperature Tj.
Cs K1 Density—temperature coefficient.
(@) Pa~! Density—pressure coefficient.
® m/m/K Thermal expansion coefficient.
ot kg/m?3 Density varying with temperature.
c m/s Speed of sound running with temperature.
T K Temperature.
Zi(T) kg/(m2-s)  Temperature-compensated acoustic impedance.
R(T) - Temperature-compensated reflection coefficient.
p N Pressure applied to the bearing.
f m Bearing oil film thickness.
e - Reflection coefficient error.
h m Temperature of the bearing oil film.
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Abstract: The traction motor is a crucial component of high-speed electric multiple units, and its
operational reliability is directly impacted by the temperature increase in the bearings. To accurately
predict and simulate the temperature change process of traction motor bearings during operation, a
fluid-solid—thermal simulation analysis model of grease-lubricated deep groove ball bearings was
constructed. This model aimed to simulate the temperature rise of the bearing and the grease flow
process, which was validated through experiments. The results from the simulation analysis and tests
indicate that the temperature in the contact zone between the bearing rolling element and the raceway,
as well as the ring temperature, initially increases to a peak and then gradually decreases, eventually
stabilizing once the bearing’s heat generation power and heat transfer power reach equilibrium.
Furthermore, the established fluid—solid-thermal coupling simulation analysis model can accurately
predict the amount of grease required for effective lubrication in the bearing cavity, which stabilizes
along with the bearing temperature. The findings of this research can serve as a theoretical foundation
and technical support for monitoring the health status of high-speed EMU traction motor bearings.

Keywords: bearing; grease lubrication; fluid—solid-thermal coupling; flow behavior; temperature rise

1. Introduction

In rail transit vehicles such as high-speed electric multiple units, traction motors
play a crucial role in converting electrical energy to kinetic energy. The performance of
these motors directly impacts the driving performance, range, and energy efficiency of
the train. Bearings, as integral components of traction motors, significantly influence the
motor’s performance and lifespan. Selecting appropriate lubricants is essential for optimal
bearing performance [1,2]. Grease lubrication is the primary mode for high-speed EMU
bearings [3], with the lubricant having the shortest service life in bearing parts. Analyzing
the grease condition of the bearing is thus highly significant [4]. The operating conditions
of traction motors are intricate [5], with varying speed, load, and external factors leading to
intense friction and heat generation within the bearing. This can result in lubrication failure,
posing a risk to the safe operation of rolling bearings and potentially causing mechanical
failures [6-8]. Therefore, understanding the temperature rise mechanism of the bearing
and the flow behavior of the grease is crucial to assess bearing performance under complex
conditions like high speed and heavy load. This analysis is essential for predicting and
preventing bearing failure, ultimately enhancing the reliability and stability of traction
motor and high-speed train operations.

Lugt, Velickov, and Tripp [9] conducted a study on the erratic behavior of grease in
bearings, often characterized by a highly variable temperature signal. The temperature
typically increases at the onset of bearing operation, a phenomenon commonly associated
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with grease agitation. The study revealed that the initial filling condition of the bearing
plays a crucial role in determining the lifespan of the grease within the bearing. Xu, Zhang,
Huang, and Wang [10] developed a heat transfer model specific to high-speed railway
bearings, taking into account the unique working conditions and structural characteristics
of double-row tapered roller bearing assemblies. The researchers calculated the heat
source and external heat dissipation of the bearing, established reasonable lubrication
boundary conditions, and created a finite element model using ANSYS 15.0. Chai, Ding,
and Wang [11] utilized the computational fluid dynamics software FLUENT 15.0 to simulate
the flow field in a herringbone grooved bearing, accounting for factors such as viscosity,
temperature, and heat transfer.

Ma, Li, Qiu, Wu, and An [12] proposed a precise calculation model for the heating rate
of grease-lubricated spherical roller bearings using the local heat source analysis method.
They utilized the thermal network method to develop a transient thermal model of the
bearing seat-shaft system. Xiu, Xiu, and Gao [13] focused on the mathematical model of the
oil film temperature field of ultra-high-speed dynamic and static pressure sliding bearings.
They conducted numerical simulations of the oil film temperature field of the bearing using
FLUENT 11.0 software. These simulations not only allow for the prediction of the flow state
and thermal performance of the bearing oil but also facilitate the identification of design
flaws in the bearing, providing valuable insights for improving bearing design. Wang,
Sun, Chang, and Liu [14] utilized the computational fluid dynamics method to establish
a flow analysis model of grease lubrication in the bearing cavity, considering the flow
characteristics of grease during bearing operation. They conducted a detailed analysis of
the flow characteristics of grease lubrication in the bearing cavity. Furthermore, Zhang, Lin,
Fan, Su, and Lu [15] employed ANSYS FLUENT 19.2 software to investigate and analyze
the temperature fields of two oil chambers with the same speed, thickness, and bearing
area of the oil cavity. They summarized the temperature distribution patterns of the two
cavity oil films.

Since the mid-20th century, Palmgren [16] utilized the bearing friction torque test
method to derive an empirical formula for calculating the frictional moment of bearings.
Deng, Xie, Liao, Zhou, and Deng [17-19] further developed a formula for calculating the
friction moment of high-speed angular contact ball bearings through bearing dynamic
analysis. They also investigated the correlation between axial preload, cage structural
parameters, and bearing friction moment. Harris and Kotzalas [20] introduced a method
for calculating local heat generation in ball bearings and analyzing bearing temperature
using a thermal grid method. Ai, Wang, Wang, and Zhao [21] established a thermal mesh
model for a double-row tapered roller bearing based on the generalized Ohm’s law. They
explored the impact of rotational speed, filling grease ratio, and roller diameter on bearing
temperature. Additionally, Takabi and Khonsari [22,23] developed a bearing thermal
analysis model to examine the relationship between lubricating oil viscosity, convection
coefficient, temperature gradient, and thermally induced preload in bearings. De-xing,
Weifang, and Miaomiao [24-26] considered the influence of lubricating oil and thermal
expansion to establish a thermal grid analysis model of bearings and analyzed the factors
that cause the temperature rise of bearings. Local temperature rises in bearings can affect
fluid density and viscosity as a result of a variety of phenomena, including elastic flow
lubrication and rolling/sliding friction [27,28]. While these are important phenomena
to consider when modeling lubricated elliptical contacts, they are beyond the scope of
current work and CFD capabilities, and the fluid is considered isothermal throughout
the simulation [29]. Nevertheless, this approach is not applicable for analyzing grease
lubricated bearings, as grease viscosity varies significantly with temperature and heat
generation is dynamic, precluding isothermal considerations. Some researchers have
conducted simulations and analyses of the temperature distribution in grease-lubricated
bearings to determine the optimal grease filling amount under operational conditions.
However, there is limited research on the changes in grease flow behavior within the
bearing cavity.
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During the test, the temperature of the grease-lubricated deep groove ball bearing
in the traction motor increases significantly after the initial grease filling, leading to an
alarm from the temperature detector. To better understand the mechanism behind this
temperature rise, it is crucial to accurately simulate the entire process. Existing research
primarily focuses on heat generation and transfer calculations to determine the final stable
temperature of the bearing. However, these studies often overlook the impact of lubricant
viscosity changes on heat generation and do not consider heat transfer to the bearing
seat or air convection. This dynamic process, from the start of operation to the bearing
temperature reaching equilibrium, is critical as the maximum temperature of the outer ring
influences the temperature monitoring element’s threshold setting. This paper introduces a
novel approach that considers the effects of grease viscosity and temperature on bearing
friction power consumption. By treating temperature as a variable and grease viscosity as
an intermediary, the frictional power consumption at different contact zone temperatures
is calculated. An iterative method is employed to analyze the variable friction power
consumption conditions, providing insights into the overall temperature rise process of the
bearing. A fluid—solid thermal analysis model is utilized to investigate the temperature rise
behavior mechanism and grease fluidity in grease-lubricated deep groove ball bearings of
traction motors, with experimental validation confirming the simulation’s accuracy.

2. Establishment of a Fluid-Solid-Thermal Coupling Model

To comprehensively study the temperature rise behavior mechanism and grease
flow behavior of grease-lubricated bearings, it is essential to consider the heat generation
and heat transfer characteristics of the bearings, as well as the dynamic characteristics
of the fluid-structure interaction model. The process involves establishing a bearing
dynamics model to determine the friction source and calculate the frictional heat, followed
by the establishment of thermal conductivity, convection, and thermal radiation models
for the bearings. The calculated results serve as thermal boundary conditions for the
fluid—solid—thermal coupling simulation model, which is used to analyze the temperature
rise characteristics of the bearing and the fluidity of the grease.

2.1. Heat Generation Model

The power consumption of the traction motor bearing in the service state results from
various factors. This includes friction power consumption between the steel ball and the
raceway due to material elastic hysteresis and frictional power dissipation between the
steel ball and the raceway due to differential sliding. Spin sliding friction power dissipation
due to the steel ball moves relative to the raceway. The rotation of the steel ball is influenced
by fluid flow resistance and stirring resistance, leading to viscous loss in the steel ball oil
film. Additionally, frictional power dissipation arises from hydrodynamic lubrication and
relative sliding between the bearing ring guide surface and the cage [30].

Hiotal = He +Hp + Hs + Hyp, + Hi 1)

where Hy, is the total frictional power consumption of the bearing, Hg is the elastic
hysteresis friction power consumption between the ball and the raceway, Hp, is the friction
power consumption caused by the differential sliding between the ball and the raceway,
Hs is the frictional power consumption caused by the spin of the ball, Hy, is the frictional
power consumption of viscous stirring loss, and Hy, is the friction power consumption
between the cage and the ball.

This friction power consumption is further divided into four parts for thermal bound-
ary setting in fluid—structure interaction simulation models: friction between the ball and
the inner ring, friction between the ball and the outer ring, friction caused by sliding
between the ball and the cage, and friction from viscous stirring loss in the cage. According
to the calculation of the bearing dynamics model, with the change in lubricant temperature,
the change trend of the friction power consumption value of each part is shown in Figure 1.
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Figure 1. Effect of grease temperature on frictional power consumption.

With the increase in grease temperature in the contact zone, the total friction power
consumption of the bearing shows a gradual decreasing trend, and the decreasing rate
becomes smaller and smaller. The total frictional power consumption follows the same
trend as the viscosity of the grease as a function of temperature, with viscous stirring loss
contributing the most, followed by friction between the ball and the cage, and the least
coming from friction between the ball and the inner and outer rings.

2.2. Heat Transfer Model

There are three forms of heat transfer, heat conduction between solids, heat convection
between solids and fluids, and two thermal radiations separated from each other by space.
According to the real working conditions of the traction motor bearing during the test
operation, the heat transfer diagram of the bearing is shown in Figure 2, where Q; and
Q;, are the parts of the ball and the inner and outer raceways in contact with the heat
conduction, Q3 and Qy are the parts of the heat convection between the ball and the grease,
Qs and Qg are the parts of the heat conduction between the outer ring of the bearing and
the inner ring of the bearing and the bearing seat, respectively, Q; and Qg are the parts of
heat convection between the grease and the bearing seat of the grease storage chamber on
the left and right sides, and Qg is the part of the heat convection between the bearing seat
and the air.

Air T Qo
|

Outer ring

Q

Inner ring

Q Shaft /

Figure 2. Schematic diagram of bearing heat transfer.

Heat conduction refers to the heat transfer from an object with a high temperature
to an object with a low temperature due to the movement between molecules when two
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objects are in contact. It occurs in the form of heat flux density, and the energy transfer
formula is as follows, which can be used to calculate Qy, Q,, Qs, and Qq:

Qo=qn'5=*7\g%'5 @
where q,—heat flux, W/ m?2; S—thermal conduction contact area, m%; A—thermal conduc-
tivity, W/ (m - K); g—z—rate of change in temperature.

Convective heat transfer refers to the heat exchange that occurs when a fluid flows
through a solid wall. Convective heat transfer can be divided into natural convection and
forced convection, and the convective heat transfer formula is as follows, which can be

used to calculate Q3, Q4, Qy, Qg, and Qq:
Qu =hy - S(Tw — T) 3)

where T,,—wall temperature, °C; T(—fluid temperature, °C; S—convection area, m?2; hy—
convective heat transfer coefficient.

In the oil-air lubrication system, the heat dissipation in the bearing cavity is mainly
completed by the forced convection of compressed air. Therefore, in this paper, the con-
vection coefficient calculation model of the ball bearing model proposed by Crecelius
et al. [31] is selected to calculate the convective heat transfer coefficient of each surface of

the ball bearing.
1/2

COs &x
=) AP ()

n D.
hy = 0. —(1+
v = 0.0986 V( o

where n—bearing working speed, r/min; v—the kinematic viscosity of the lubricant, m?/s;
dm—bearing pitch diameter, mm; A;—thermal conductivity of fluids; P,—Plante number.

2.3. The Bearing Simulation Model Was Established
2.3.1. Establishment of Coupling Analysis Model

The fluid-solid thermal coupling analysis model is established to show the solution
idea more intuitively. The algorithm flow chart is shown in Figure 3.

Input bearing parameters
and lubricant parameters
1

| Initialize the values required for the system of differential equations |

The deformed contact of balls in
the inner and outer raceways

oil film traction force

‘ Ball with inner and outer ring

Calculate the influence of temperature
on bearing structural parameters
| The force of the ball and the cage | | The speed of each element of the bearing | ]

Input into FLUENT software to calculate
the temperature field and grease leakage

| Bearing dynamics model |—-| Runge-Kutta method solver |

Calculate the frictional power consumption

‘Whether it is converging of each part of the bearing

Output bearing friction power consumption, temperature,
grease leakage, mass flow rate, and other parameters

Figure 3. Algorithm flow chart.

Firstly, the working condition parameters and structure parameters of the bearing
are input, and the differential equations of bearing dynamics are established [30]. The
Runge—Kutta method is used to solve. When the results converge, six kinds of friction
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power consumption in the bearing are calculated. Then, the friction power consumption is
input into Fluent for simulation analysis, and the temperature, grease leakage, and grease
flow rate are solved. Then, the influence of the temperature on bearing parameters and
friction power consumption is calculated to achieve the coupling analysis.

The fourth-order Runge-Kutta method is an iterative method commonly used to solve
systems of nonlinear differential equations. The solution principle is as follows:

y = f(ty)
y(to) =y (5)
Vo1 = Y + 2(ki + 2k + 2k + ky)

k] = f(tn,yn)

ko = f(tn + 3, y, + 3k1) ©)
ks = f(ta + 2,7, + Sko)

kg = f(tn +h,y, + ks)

Thus, the next value (y, ) is determined by the initial value (y,,), the product of
iteration step 1, and the slope(k) of an estimate. The slope is the weighted average of the
following slopes:

h
slopeg (k1 + 2ko + 2ks + ky) (7)

2.3.2. Establishment of Geometric Model

In this paper, a deep groove ball bearing for the nontransmission end of a high-speed
rail traction motor is used as the object to construct a temperature field simulation and
analysis model. The bearing model is 6215, the specific structural parameters are shown in
Table 1, and the physical-property-related parameters are shown in Table 2.

Table 1. Structural parameters of bearings.

Parameter Meaning Value Parameter Meaning Value
d Inside diameter 75 mm D Outside diameter 130 mm
B Width 25 mm dm Bearing pitch diameter 102.5 mm
£ Coefﬁgent of curvature radius of 05097 f Coefficient of curvature radius 0.5268
inner raceway groove of outer raceway groove
Dw Steel ball diameter 17.462 mm N Number of steel balls 11
A Radial clearance 46~71 um Ey The elastic modulus of steel 2.08 x 10!! Pa
Cr Basic dynamic radial load rating 66,000 N Cor Basic static radial load rating 49,500 N

Table 2. Physical parameters of the fluid-solid model.

Rings and Ball Cage Bearing Seat Grease
(Bearing Steel)  (Brass) (Grey Cast Iron)
Density (kg/m?) 7850 8300 7200 880
Specific heat (j/ kg-k) 475 385 447 1845
Thermal conductivity (w/m-k) 445 118 39.2 0.145

Mesh was drawn and calculated by using FLUENT 2021 R1 software. In order to
improve the efficiency of data processing and ensure the accuracy of simulation data,
the following simplifications are made in the establishment of geometric models without
affecting the accuracy of simulation analysis results:

(1) The cage rivet has little influence on the temperature field analysis of the whole
bearing, so the cage structure is simplified and drawn as an ordinary cage in the
pre-treatment modeling.

(2) Ignore the chamfer design of the bearing in the actual test operation, reduce the
number of meshes and the difficulty of drawing, and improve the accuracy of meshes.

94



Lubricants 2024, 12, 144

(3) The diameter of the rolling element is taken as the minimum size within the tolerance
range so as to increase the gap with the inner and outer ring raceways and reduce the
calculation difficulty of the overall model.

(4) During the operation of the bearing, the ball is not in direct contact with the inner and
outer rings, and a lubricating film will be formed in the contact area. The empirical
formula of oil film thickness (8) is fully considered in flow field modeling, and mesh
refinement is carried out in this area.

o053 (nou)0<67R2.466

E8.073Q0.067

max

hy = 2.69 (1 —0.61e7072K) (8)
where Ry is the equivalent radius of curvature of the ball along the rolling direction;
Qmay is the maximum load on the ball; K is the ellipticity of the contact ellipse; Ej is the
equivalent elastic modulus; « is the pressure index of viscosity; 1 is the dynamic viscosity
at atmospheric pressure; u is the average surface velocity.

The result of the volume mesh division of the simulation model is shown in Figure 4.
The radial section of the bearing is taken to show the mesh division.

Air domain

Bearing seat

Cage

Inner ring A

Shaft

Figure 4. Draw the model volume mesh. The air domain and bearing seat are selected with a mesh
size of 0.5 mm. The inner and outer rings and cages are selected with a mesh size of 0.3 mm. The
balls and bearing cavity areas are divided into tetrahedral meshes of 0.2 mm. At least three layers of
boundary mesh are added to the fluid-structure coupling boundary, and the mesh accuracy meets
the calculation requirements.

2.3.3. Boundary Condition Settings

Figure 5 shows a simplified simulation model of fluid—structure interaction, which
consists of the air—fluid domain, the simplified model of the bearing seat, the inner and
outer rings of the bearing, and the grease fluid domain (red wireframe selection area).
Among them, the outermost layer is the air layer, the outermost air wall is set to be room
temperature, the air and the bearing seat are convection heat exchange, the bearing seat
wraps the bearing and the grease storage chamber, the inner ring is in contact with the
shaft, the heat dissipation performance of the bearing seat is better than that of the shaft,
and the heat dissipation of the shaft is not considered. The grease outlet is the red ring
shown in the diagram, and the outlet is convection air by default.

According to the bearing heat generation analysis mentioned above, the value of
friction power consumption corresponding to different operating temperatures of the
grease is calculated. The frictional power consumption varies with the viscosity of the
lubricant and the viscosity of the grease varies with the temperature of the contact zone,
as shown in Figure 6. Therefore, it is difficult to set the thermal boundary of the bearing
temperature field simulation, and this paper proposes an iterative method of bearing grease
temperature and bearing friction power consumption to realize the setting of variable
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friction power consumption boundary conditions. A simplified, iterative schematic is
shown in Figure 7.

Air fluid domain

Bearing outer ring

Bearing inner ring

Figure 5. Simplified model diagram.
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Figure 7. Diagram of the iteration.

The working condition of Figure 6 is 6.9 KN radial load, no axial load, and the
rotational speed is 4800 r/min. A line plot of the total frictional power consumption of
the bearing as a function of contact zone temperature and grease viscosity is calculated.
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The viscosity temperature curve of the grease exhibited a similar trend to the friction
power consumption curve of the bearing. It was observed that higher grease viscosity
led to increased heat generation from grease stirring, resulting in greater friction power
consumption of the bearing in this specific working condition, and vice versa.

The iterative principle of variable frictional power consumption as the thermal bound-
ary condition is that the monitoring point of the grease temperature change in the bearing
cavity is set firstly, and the initial frictional power consumption at room temperature of
25 °C is taken as the initial thermal boundary. After starting the simulation, when the
grease temperature in the contact zone rises to 40 °C, the frictional power consumption in
the grease operating environment of 40 °C is set. Then, the simulation continues, and the
above operations are repeated to complete the approximate iteration and realize the input
of thermal boundary conditions under variable operating conditions. Smaller tempera-
ture spans led to higher iterative accuracy and a more realistic depiction of the bearing’s
temperature rise process.

3. Transient Simulation and Analysis of Grease-Lubricated Bearings

The speed of the inner ring is 4800 r/min, the outer ring is fixed, and the rotational
speeds of the cage and the balls are calculated according to the bearing dynamics. The
rolling parameter is taken as the boundary condition of the motion wall. With the bearing
cavity filled with grease, and the grease occupying 50% of both the left and right grease
storage chambers, transient simulation analysis was conducted to analyze the two-phase
distribution of oil and gas and the temperature rise of the bearing. The study observed the
temperature rise and distribution in a bearing as the grease temperature detection point
reached different temperatures over time. Three grease monitoring points near the raceway
were selected to reflect the grease temperature by averaging their values.

3.1. Temperature Field Analysis of Grease-Lubricated Bearings

Before the simulation began, three grease monitoring points near the raceway were
selected to reflect the grease temperature in the bearing cavity by averaging the average
value. As the temperature of the monitoring point rises, the variable frictional power
consumption is used as the boundary condition. The temperature distribution of the
outer and inner ring temperatures of the bearing as the grease monitoring points reach
different temperatures over the simulation time is analyzed, as shown in Figures 8 and 9.
In order to facilitate the observation of the temperature rise of the bearing, the maximum
temperature and minimum temperature of the inner and outer rings of the bearing are
drawn as curves, as shown in Figure 10. The monitoring points record the change in the
average temperature of the inner and outer rings of the bearing with the number of iteration
steps. The temperature rise curve of the inner and outer rings of the bearing is shown in
Figure 11.
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Figure 8. Diagram of the temperature distribution of the outer ring of the bearing. (a) The monitoring
point reaches 40 °C. (b) The monitoring point reaches 60 °C. (c) The monitoring point reaches 100 °C.
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Figure 11. Temperature rise curve of the inner and outer rings of the bearing.

Observe the temperature distribution of the outer and inner rings of the bearings in
Figures 8 and 9. As the simulation time increases, the overall temperature of the bearing
shows an upward trend. The temperature distribution in the outer ring in Figure 8c is
obviously not as uniform as in Figure 8a. The reason is that the inner ring of the bearing
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is mated to the spindle, and the outer ring is fixed to the bearing housing. The grease is
deposited in the lower part of the bearing due to gravity, and the heat generated by the
grease stirring is high. There is heat conduction between the bearing and the bearing seat
in the upper part, and the convection heat dissipation of the air occurs. As a result, the
temperature distribution of the outer ring of the bearing shows that the temperature of the
upper half of the ring is less than that of the lower half of the ring. Since the inner ring
rotates with the shaft, the overall temperature distribution uniformity of the inner ring is
better than that of the outer ring.

As can be seen from Figure 10, the temperature of the inner ring of the bearing is
higher than that of the outer ring of the bearing. With the increase in running time, the
temperature of the inner and outer rings shows an upward trend, but the temperature
growth rate gradually decreases. From the graph of the interaction between viscosity,
temperature, and frictional power consumption of the grease in Figure 6, it can be seen that
the lower the viscosity, the smaller the frictional power consumption, so the temperature
growth rate is reduced. The trend of the temperature rise pattern of the inner and outer
rings of the bearing is consistent with that of Figure 6.

The red line in Figure 11 represents the temperature rise curve of the average temper-
ature in the contact zone of the inner ring. The blue line represents the temperature rise
curve of the average temperature of the bearing outer ring. During the temperature rise
process, the heat generation of the bearing is more than the heat dissipation. When the
bearing is operated for a period of time, the temperature of the outer ring of the bearing
gradually reaches a maximum of 108 °C. The cavity temperature is high and the grease is
sheared and thinned. This process discharges excess grease out of the bearing cavity. The
heat generated by the grease stirring in the cavity is reduced, and the bearing temperature
is reduced. When there is only a moderate amount of grease left in the bearing cavity and it
is effectively lubricated, the heat generation and heat dissipation reach an equilibrium state.
At the end of the run-in phase, the temperature of the outer ring of the bearing reaches an
equilibrium of 57 °C.

3.2. Simulation Analysis of Grease Flow Behavior

The flow behavior of the grease in the bearing cavity was analyzed under the condition
that the bearing cavity was full of grease and the grease of the left and right grease chambers
accounted for 50%, and the initial grease filling amount is shown in Figure 12. The red area
represents the grease area, the blue area represents the gas cavity area, and the blank area
is the inner and outer rings of the bearing, the bearing seat, and the shaft. Figure 13 shows
the radial and axial cross-sections of the bearing cavity and the flux of grease at the outlet
at different temperatures at the monitoring point.
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Figure 12. Initial filling grease status diagram.
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Figure 13. Two-phase distribution diagram of oil and gas in the bearing. (a) The monitored temper-
ature reaches 40 °C. (b) The monitored temperature reaches 60 °C. (c) The monitored temperature
reaches 100 °C.

The grease chamber is initially filled with 50% grease, and under the effect of gravity,
the grease collects in the lower half ring of the grease chamber. As the bearing rotates,
the grease in the bearing cavity is squeezed to both sides of the grease chamber. Due to
the presence of inertial centrifugal force, the grease is thrown to the upper half ring of the
grease chamber as shown in Figure 13a. The temperature of the grease at the monitoring
point increases as the running time increases. The grease flows out of the outlet and the
amount of grease in the bearing cavity and grease chamber decreases. The reason for this
is that the temperature increases the viscosity of the grease and the phenomenon of shear
thinning of the grease occurs.

In order to study the temperature rise mechanism and grease flow behavior during
bearing operation, it is important to investigate the amount of grease involved in effective
lubrication in the contact zone. Therefore, it is necessary to analyze the amount of residual
grease in the bearing cavity. The simulation results are shown in Figure 14, and the formula
for calculating the amount of residual grease in the bearing cavity is as follows.

t
M=Mo+/ wi — wodt 9)
to

where M) is the initial grease filling mass, kg; w; is the amount of grease flowing into the
bearing per unit time, kg/s; w,, is the amount of grease flowing out of the bearing per unit
time, kg/s.

With the rotation of the inner ring, cage, and ball bearing, a large amount of grease in
the bearing cavity rushes into the grease chambers on both sides. This leads to a sudden
drop in the amount of grease in the bearing cavity and an increase in the amount of grease
in the grease chambers on both sides, at which time the rate of flow out of the bearing
cavity reaches a maximum. The flow state of the grease is gradually stabilized with the
increase in the running time. The amount of grease in the bearing cavity and the grease
chambers fluctuates and tends to be in dynamic equilibrium. The rate of grease inflow
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and outflow in the bearing cavity fluctuates above and below the 0 scale. As shown in the
partially enlarged Figure 14b, the amount of grease in the bearing cavity after reaching the
dynamic equilibrium fluctuates above and below 10.45 g.
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Figure 14. Flow characteristics of grease in the bearing cavity.

The mass flow rate at the bearing outlet is shown in Figure 15. The amount of grease
in the bearing cavity and in the grease chamber is much greater than the amount required
for bearing lubrication. At the beginning of the bearing operation, the grease outflow
rate at the outlet is high. Because of the large amount of grease in the initial period, the
heat generated by stirring is large. When the temperature inside the bearing cavity rises,
the viscosity of the grease decreases, aggravating the grease outflow. When the bearing
completes the break-in stage, the grease content in the bearing cavity reaches the optimum,
the temperature reaches the equilibrium state, and the grease discharge behavior at the
outlet stops.
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Figure 15. Grease flow rate at outlet.

4. Test Verification of the Temperature Field of Grease-Lubricated Bearings

To verify the accuracy of the above simulation model and simulation results, a current
bearing testing machine is used to verify the temperature rise change of the outer ring
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of the bearing as well as verify the residual amount of grease in the bearing cavity once
the bearing is running stably. The testing machine mainly includes the main body of the
testing machine, power system, axial and radial loading system, temperature sensor and
data acquisition system and other components; the testing machine is shown in Figure 16.

Temperature sensor

Carbon brush

Figure 16. Bearing temperature rise testing machine.

The test condition is radial load of 6.9 KN and no axial load, the rotational speed is
4800 r/min, and the length of the test is 600 min. The temperature of the outer ring of the
bearing measured by the temperature sensor of the testing machine is shown in Figure 17.
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Figure 17. Temperature rise curve of the outer ring of the bearing.

As can be seen in the figure, during the time period of 0-140 min of the test, the
temperature rises sharply due to the large friction power consumption in the bearing cavity,
where heat generation is much higher than heat dissipation. The maximum temperature of
107 °C was reached in 140 min. In the time period of 140400 min, the temperature in the
bearing cavity is high, and the viscosity of the grease decreases. At this time, the grease
discharge rate at the outlet reaches the maximum, the stirring heat is greatly reduced, and
the bearing outer ring temperature is reduced. When the test time reaches 400 min, the
heat generation and dissipation reach equilibrium. At this time, the amount of grease
in the bearing cavity reaches the optimum, and the temperature is finally stabilized at
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57.4 °C. Compared with the previous simulation results in Figure 11, the error of the peak
temperature of the outer ring of the bearing is 0.93%, and the error of the final stabilized
temperature is 0.69%, so the simulation results are consistent with the test results.

Before the test begins, the net weight of the bearing element in the unfilled state
is weighed. After the testing machine runs for 600 min, the bearings are unloaded and
weighed again. The weight of the bearing is shown in Figure 18.
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Figure 18. Bearing weighing test.

The total weight of the bearing and the grease is 1367.3 g, of which the net weight of
the bearing is 1351 g, and the weight of the grease in the bearing cavity is 11.3 g. Compared
with the remaining grease in the bearing cavity simulated above, the simulation error is
7.52%. The amount of residual grease in the bearing cavity accounts for 25.57% of the initial
filling amount. The simulation results are highly accurate, and the margin of grease in the
bearing cavity can be simulated and predicted more accurately.

There are several reasons for the error between the simulation value and the exper-
imental value. Simulation cannot completely fit the actual modeling, there is a certain
simplification. Some parts of the grid drawing of the model are not fine enough. And
the test is affected by indoor humidity, air flow, and other environmental factors, some of
which cannot be fully considered in the simulation analysis. The above factors cause some
deviation between simulation and test values.

5. Conclusions

This study focuses on accurately predicting temperature rise in high-speed EMU
traction motor bearings. A fluid—solid—thermal simulation analysis model was constructed
for grease-lubricated deep groove ball bearings. The simulation of temperature rise and
grease flow behavior was validated through experiments. The findings offer a theoretical
foundation and technical assistance for monitoring the health of traction motor bearings in
high-speed EMUs. The main conclusions are as follows:

(1) A transient temperature field simulation method considering multi-factor heat dissipa-
tion and variable friction power consumption is proposed, which accurately predicts
the change process of temperature between ball and raceway, as well as outer ring
temperature during grease homogenization. The temperature in the bearing con-
tact zone and ring initially increases to the maximum and then gradually decreases.
Finally, it tends to stabilize once heat generation and dissipation reach equilibrium.

(2)  The fluid—solid—thermal coupling simulation analysis model can accurately predict the
content of grease involved in effective lubrication in the bearing cavity, which tends to
stabilize with the stability of the bearing temperature. The simulation analysis results
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and test results show that the grease content in the 6215 bearing cavity stabilizes at
25.57% of the initial filling amount.

(3) Inacomparison of simulation and experimental results, the error of the peak temper-
ature of the outer ring is 0.93%, the error of the final stable temperature is 0.69%, and
the error of the residual amount of grease in the bearing cavity is 7.52%, which prove
the accuracy and effectiveness of the proposed simulation model.
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Abstract: Electrical bearing currents may disturb the performance of the bearings via electro-corrosion
if they surpass a limit of ca. 0.1 to 0.3 A/ mm?. A continuous current flow, or, after a longer time
span, an alternating current or a repeating impulse-like current, damages the raceway surface,
leading in many cases to a fluting pattern on the raceway. Increased bearing vibration, audible noise,
and decreased bearing lubrication as a result may demand a replacement of the bearings. Here,
an electrically corroded axial ball bearing (type 51208) with fluting patterns is investigated. The
bearing was lubricated with grease lubrication and was exposed to 4 A DC current flow. It is shown
that the electric current flow causes higher concentrations of iron oxides and iron carbides on the
bearing raceway surface together with increased surface roughness, leading to a mixed lubrication
also at elevated bearing speeds up to 1500 rpm. The “electrically insulating” iron oxide layer and
the “mechanically hard” iron carbide layer on the bearing steel are analysed by WLI, XPS, SEM, and
EDS. White Light Interferometry (WLI) is used to provide an accurate measurement of the surface
topography and roughness. X-ray Photoelectron Spectroscopy (XPS) measurements are conducted to
analyze the chemical surface composition and oxidation states. Scanning Electron Microscopy (SEM)
is applied for high-resolution imaging of the surface morphology, while the Focused Ion Beam (FIB) is
used to cut a trench into the bearing surface to inspect the surface layers. With the Energy Dispersive
X-ray spectrometry (EDS), the presence of composing elements is identified, determining their relative
concentrations. The electrically-caused iron oxide and iron carbide may develop periodically along
the raceway due to the perpendicular vibrations of the rolling ball on the raceway, leading gradually
to the fluting pattern. Still, a simulation of this vibration-induced fluting-generation process from
the start with the first surface craters—of the molten local contact spots—to the final fluting pattern
is missing.

Keywords: bearing surface damage; electric bearing currents; rotor-to-ground current; bearing
voltage; electrical wear; electrically damaged bearing; electro-corrosion; bearing oil degradation;
bearing electrical failure

1. Introduction: Electrical Bearing Currents and Bearing Surface Damage

Inverter-driven variable-speed AC electrical machines, mainly three-phase synchronous
or induction machines, are used in many industrial applications—in electric and hybrid
cars, trains, street cars, ships, aircrafts, household appliances etc.—at different power and
speed levels. Fast-switching power electronic devices, based on Silicon or Silicon-Carbide-
semiconductor transistors, supply the torque-generating currents to the machine’s three-
phase stator windings with a fundamental frequency typically up to 1 kHz. In addi-
tion, a fluctuating electrical potential of the stator winding with respect to the electrically
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grounded base of the electrical machine occurs with the switching frequency, typically at
several kHz, called common mode (CM) voltage [1]. This CM voltage causes parasitic
high-frequency (HF) currents of small amplitude from the motor electrical terminals to
the electric ground of the drive system [2], which flow through the conductive and ca-
pacitive motor components, e.g., motor bearings [3,4]. These currents may also indirectly
induce a current flow in the bearings magnetically. These HF bearing currents may cause
a corrugation of the bearing raceway surface, causing increased audible noise and motor
vibrations, a deterioration of the bearing lubricant, increased bearing friction losses and
bearing heating, and, in the worst-case, a bearing failure [5-7], e.g., via a cage mechanical
break. Different bearing current effects are described in the literature, e.g., [8].

First, with fully lubricated bearings, apart from harmless capacitive HF currents via
the electrically insulating lubrication film (e.g., film thickness & = 0.2 um), considerable
discharge currents may occur in the lubrication film [9] if the electrical voltage at the
lubricant film surpasses its breakdown voltage (e.g., U = 6 V). The corresponding electrical
field strength E = U/h (e.g., 30 kV/mm) is ionizing the lubricant molecules [10-14], leading
to short sparks of durations typically around 1 ps. The resulting EDM bearing current
(EDM: Electric Discharge Machining [1]) oscillates due to the inductive and capacitive
machine components in the MHz-range. These electric currents discharge the parasitic
capacitances of the electrical machine [1,15]. The endangerment of the bearing currents is
assessed with “apparent” bearing current densities | = I/ Ap;,, where [ is the amplitude of
the current and Ay, is the bearing Hertzian area [1]. If ] < 0.3 A/mm?, the corresponding
craters, with diameters of typically around 1 um on the bearing raceway surface, are
sufficiently flattened by the roller elements [1,16]. If ] > 0.3 A/mm?, for EDM bearing
currents, the exposed surface shows a grey trace (called “grey frosting” [2,15]), which may
still allow a further bearing operation [17].

Second, the HF CM winding-stator currents excite an additional HF magnetic field
inside the machine, which, due to Faraday’s law, induces a voltage on a loop path, compos-
ing both bearings, rotor shaft, and stator iron parts, resulting in so-called circular bearing
currents [1]. These currents occur at both low and medium speeds in AC machines of frame
sizes ca. above 200 mm [1,15]. Compared to the EDM bearing currents, the circular bearing
currents happen more frequently, have longer durations, higher amplitudes, and lower
frequencies, and are more dangerous for the bearings [15]. Similar to the circular bearing
currents, rotor-to-ground bearing currents may endanger the bearings, even in machines
with smaller frame sizes below 200 mm, when the rotor is electrically connected to the
ground with a low HF impedance, e.g., via a gear box or a milling device [1]. Any bearing
current between the ball and the raceway is limited through the so-called a-spots, due to
the lubrication film and the covering oxide layer. The very high local current densities
at the a-spots result in very high local temperatures. These temperatures degrade the
lubricant by molecule dissociation, release carbon, thus blackening the oil and reducing the
lubrication effect. The effect of the bearing current flow may gradually develop into the
fluting pattern [1,18,19].

The cause-and-effect chain of the generation of the fluting pattern has been under in-
vestigation for a long time [3-8,18-21]. A theoretically established detailed physical model,
proven by simulation, is currently missing. The following mechanism is obviously involved.
Due the surface roughness, the real mechanical contact area between the ball and raceway
is smaller than the calculated Hertz’ian area A [22]. The elastic and plastic deformations of
the asperity peaks within the Hertz'ian area [23] provide the real mechanical contact area.
The increased surface roughness due the current flow leads to micro-Elasto-Hydrodynamic
Lubrication (micro-EHL), where the oil is pressed into the surface valleys [24]. Thus, for
a rough surface, asperity peaks may still have electrical contacts (a-spots) [25], even when
bearing parts are dominantly separated via a lubrication film [26]. At DC bearing currents,
the bearing voltage drop between inner and outer bearing rings remains constant around
1V, independent of the amplitude of bearing current [27]. This voltage is sufficient to cause
very high local contact temperatures above 1000 °C on moving contact partners in a very
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short time (below 1 ps). This leads to melting of the micro-size volume of the a-spot with
a typical radius of 1 ps [25], allowing the current flow. Similar local temperatures occur at
inverter-fed motors at impulse bearing current flow. Catalytic effects of the metal-oxide
debris promote the oxidation process in the lubricant [28] and lead to an increased lubricant
conductivity. Due to this current flow, a build-up of an oxide layer on the bearing raceway
surface occurs [20]. In electrical steel contacts, it is well established that the oxide surface
layers are formed due to the sliding of the asperities, causing a significant amount of
Fe?* and Fe?* compared to the bulk steel [29,30]. These oxides form an insulating layer
between two mechanically touching bodies, constraining the current flow to the tiny a-spots
areas [31], which are only very short in contact due to the bearing movement.

For fluting generation, the four following conditions are necessary: (1) a relative
movement between metallic contact bodies, (2) a lubrication of the contact, (3) an electrical
current flow, and (4) an electrically insulating surface (oxide) layer. With a single-contact
rolling steel (ball-to-ball set-up, [32]) it was examined whether without lubrication, the
current flow leads to a harsh mechanical wear; however, no fluting pattern occurs, so
lubrication is necessary to produce fluting. At stand still, also without a lubrication,
a considerable electrical current may flow without any harmful surface deterioration for
a significant amount of time, so relative motion is necessary for the fluting [20]. Without
an electrical current, no fluting occurs. With current density amplitudes (J > 0.3 A/mm?)
and with sufficient time of current flow, the fluting occurs. The fluting generation with DC
currents is most effective. A fluting pattern were produced with the single-contact set-up
in [32], so the number of balls in a bearing is not necessarily an explanation for the periodic
fluting pattern. The oxide layer itself is at a long term operation in a certain “equilibrium”
thickness, which we proved by experiment: (i) With acid-cleaned contact partners, the
voltage drop at single-contact set-up in [32] was, at the beginning, close to 0 V, but after
a few tens of seconds of rotation, this voltage raised to ca. 0.4 V, corresponding to the
steel melting voltage, proving that the oxide layer has grown again to a stable equilibrium
thickness. (ii) The steel balls of single-contact set-up in [32] were heated to 600 °C to grow
a thick oxide layer. Then, at the beginning of rotation, the contact voltage drop was close to
2V, but decreased after some tens of minutes rotation to ca. 0.6 V, indicating that the oxide
layer thickness was decreased again.

We believe that the intact oxide layer is damaged by the a-spots at the beginning of the
fluting generation due to the current flow. By the rims of these spots, the rolling ball masses
obtain force impulses, perpendicular to the moving direction, that cause the masses to
vibrate within the elastic lubrication film perpendicular to the raceway surface. These small
vibrations vary the film thickness periodically. Thus, the electrical current flow may affect
the raceway periodically, e.g., via surface oxidation and carburization. The purpose of this
paper is to explore the effect of electrical current flow on topography and composition
changes of the bearing raceway, comparing a damaged region to a non-damaged region,
in one of the fluted bearings, reported in [19]. The findings give insights on effects of
the electric current flow on the raceway surface and shall contribute to understand the
fluting-generation mechanism [18,19].

2. Method, Setup and Sample

In the following section, after introducing the setup and the sample, White Light
Interferometry (WLI) is used to measure the surface topography and roughness of the
fluted bearing raceway. X-ray Photoelectron Spectroscopy (XPS) analyzes the chemical
composition and oxidation states of the bearing surface. Scanning Electron Microscopy
(SEM) is applied for high-resolution imaging of surface morphology, while Focused Ion
Beam (FIB) is used to manipulate the bearing material and to inspect the surface layers. Fi-
nally, via Energy Dispersive X-ray spectrometry (EDS), the presence of composing elements
in the surface layer is identified, determining their relative concentrations.
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2.1. Experimental Setup

A setup composed of two axial ball bearings was produced (Figure 1a), where the
bearing force Fy,, the bearing speed 1, and the momentary bearing current i, can be adjusted.
An axial ball bearing has been used in order to ensure the same force on each ball element
and to dismantle the bearing easily for inspections. For transferring the electrical current
from the rotating parts to the stationary parts without using mechanical brushes, two
axial bearings are used in series (Figure 1b). Hence, no extra contact resistance, e.g., of
a contacting sliding silver brush, is added to the path of electric measurements.

Soldered copper wire Bearing force A
) Tl v ¢

Screw
Ryar _ ip Stationary part < From plastic
< = Nori —p-Ring 4
3 U, 1 SPENE & }Bearing 2
o} b2 —»Ring 3
= us =20V Rotating part +— Aluminium
g Ring 2
é Ub1 1 _bRT € Bearing 1
in
- Bas | Base

Electrically

insulated / DC motor

coupling

Axial ball bearing I

type 51208:

Figure 1. Test setup with two axial ball bearings in series. (a) Experimental test rig, (b) Schematic
structure. The equipment is described in Table 1.

The feeding DC electric circuit is connected to the bearings via two copper wires,
soldered to the stationary rings 1 and 4 of the two tested axial bearings (Figure 1b). This
bearing setup is connected via Ryar to a DC source voltage us = 20 V. The bearing voltage
up, between inner and outer bearing rings remains, as explained in Section 1, almost constant
ataround 1V (e.g., in Figure 2), showing fluctuations due to the changing number of a-spots
(e.g., in Figure 3). Based on (2), to set a constant current i, via Ryar, s >> 2-u3, must be
observed. Hence us = 20V is a proper choice. The bearing voltage drop uy, is measured
directly via the copper wires, soldered to the rings 1 and 4. The resistivity of the bearing
steel and of the aluminium in the rotating part is very small. As a result, the voltage drops
at the stationary contact, i.e., between ring 3 and the rotating aluminium part and between
the rotating aluminium part and ring 2, are negligible compared to the voltage drop at
the rolling contacts, i.e., between the balls and the raceways. A screw and a nut adjust the
bearing force F, on a spring ring, placed mechanically in series with the bearings, which is
measured via a load cell. Thus, a bearing force F, up to a maximum of 1600 N is applied
on both in series mounted bearings. The rotating rings of the bearings are placed on the
rotating part (Figure 1b), which is connected to the shaft of a driving variable-speed DC
motor via an electrically insulated coupling. Ring 4 is electrically insulated from the screw,
so the applied current only passes through the bearings. All four rings 1-4 are centred
mechanically to the rotating axis (not shown in Figure 1b for simplicity). The temperatures
of ring 1 (¥y1) and of ring 4 (dy4) are directly measured via thermocouples.
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Figure 2. Measured bearing voltage U}, per bearing versus measured DC bearing current I, and
versus apparent bearing current density ,, for two bearing speeds n = 100 rpm, 1500 rpm and two
bearing forces Fy, = 400 N, 1600 N.

Table 1. Bearing lubricant and instrumentation for the test-rig and surface measurements.

Term Description

Mineral-oil-based grease Arcanol MUITI3 (company Schaeffler,
Herzogenaurach, Germany). Thickener: Lithium soap. Base oil
viscosity at 40 °C: 110 mm? /s, at 100 °C: 12 mm?/s. Operating
temperature —20 °C to 120 °C.

Bearing lubricant

Type 51208, 15 balls, inner diameter 40 mm, outer diameter

Axial bearing

68 mm, width 19 mm (company Schaeffler). Static load capacity
97 kN, dynamic load capacity 44 kN.

Digital oscilloscope

Waverunner LT364L, 500 MHz, accuracy 2 mV, vertical resolution
8 bits, 1 M samples capture memory.

Current clamp

IWATSU S5-250, 100 MHz, max. 30 A, accuracy +1.0% or 10 mA.

Voltage probe

TT-S1200, 200 MHz, 60 V, accuracy £1.0% or 20 mV.

WLI profile meter

SmartWLI-compact (company gbs) with Nikon objective lens 50X/0.55.

XPS instrument and
Argon sputter gun

Escalab 250 (company Thermo Fisher, East Grinstead, UK), with
monochromic Al Ka X-ray source (hv = 1486.7 eV), 650 pm spot size,
120 W excitation. Chamber pressure < 5 x 10710 mbar.
High-resolution pass energy 20 eV. Survey spectra pass energy 50 eV.
3 kV Ar* sputtering beam with raster area 1 x 1 mm?.

SEM ) /FIB @ /EDS ®

instrument 1

JEOL JIB 4600F, with a dual-beam FIB, with EDX detector INCA
Energy 350 (company Oxford instruments, Abingdon, UK), at
TU Darmstadt.

Field emission scanning electron microscopy (FESEM), Quanta 450

SEM/EDS instrument 2 FEG (company FEI, Lausanne, Switzerland), with QUANTAX
EBSD/EDS (company Bruker, Billerica, MA, USA), at TU Isfahan.
Sandpaper Emery paper, grit P400, grains of aluminum oxide

(company Smirdex).

Polishing machine

Saphir 330 (company ATM), polishing with SiC paper (company
Cloeren) with the following grit numbers: P120, P220, P320, P500,
P1200, P500, P4000, each for approx. 2 min.

1) SEM: Scanning electron microscopy, @) FIB: Focused ion beam, ® EDS: Energy dispersive spectroscopy.
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Figure 3. Example of measured DC bearing voltage u;, and DC bearing current i, for n = 100 rpm,
F, =400 N, and &, = 33 °C. Average bearing voltage Uy, = 0.73 V. Grease lubricant Arcanol MULTI3.

The measured non-linear voltage-current characteristic at DC current supply, with
grease lubricant Arcanol MULTI3, is given in Figure 2. Beforehand, up; and uy, were
measured separately in a similar set-up with a low-resistance mercury slip ring, showing
Up1 = Upp. Hence, we simplified the measured bearing voltage u}, as an average (1):

y = L2, 1)
where uy,; and uy,) are the bearing voltage drops, as shown in Figure 1b. To determine the
apparent bearing current density J, = I,/ Ap, the calculated value of the Hertz'ian areas
Atiz400n = 1.0 mm? and Atiz,1600N = 2.5 mm? [33] are used. An external fan heater controls
the average bearing temperatures 31 °C < @, < 35 °C. The measured bearing voltage Uy,
and current I, are time-averaged over 2 s, e.g., U}, = (fozs ub(t)dt) /2s. In the following,
the attribute “time-averaged” will be skipped. The influence of the (time-averaged) DC
bearing current I, of the apparent bearing current density J;,, of the bearing axial force F,,
and of the bearing rotational speed 7 on the (time-averaged) bearing voltage U}, is shown
in Figure 2.

With an increasing bearing current I, in Figure 2, the number of contact a-spots in-
creases (A-fritting effect), and the existing contact a-spots enlarge (B-fritting effect) [27,31].
Therefore, the contact resistance decreases, resulting in a nearly constant bearing volt-
age Uy, at higher DC bearing currents I, > 1 A. With DC currents, an almost constant
bearing voltage occurs, similar to the range 0.5V < U, < 1.5V, which has been reported
previously [16,21,34,35]. At an increased speed, the greater lubrication film thickness h
results in a sligthly increased bearing voltage Uy, (Figure 2).

Since up ~ 1V &~ const. << us = 20 V DC = const., via Ryar in Figure 1b, nearly
a constant value for the momentary bearing current i, is set:

. Us — 2-uy,
=5 =75 2
Iy R 2)

For instance, in Figure 3, the measured momentary bearing current 7, ranges within
3.88 A < i, <4.09 A, which is considered practically a constant value at I;, ~ 4 A. The
repeated electrical breakdown (fritting effect [27]) of the surface oxide layer and of the
tribofilm covering the bearing steel surface results in fluctuations of the momentary bearing
voltage uy, around the average bearing voltage Uy, while #, flows via many contacting
a-spots of a varying number.
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2.2. Bearing Sample for Surface Investigations

A variety of different test conditions were examined for the fluting investigation [19].
Each test, with its individual test conditions, was performed with new bearings, giving
each test an individual name, i.e., A14, see Table 1. A section of ring 1, see Figure 1b,
from test A14 was used as test specimen for the investigations and results in Sections 3-5.
Figure 4 shows the raceway of this ring 1. Table 2 lists the corresponding conditions of
test A14. In the following discussions of Sections 3-5, when a damaged region is reported,
an area inside the fluting valley of the fluting pattern of Figure 4 is meant, otherwise it is
mentioned explicitly.

fareasifoXPS
Non-damaged region (NDD)

Damaged region (D) —»

1 mm

Figure 4. Photographed example of the raceway surface of ring 1 from test A14 via a light microscope.
Conditions of test Al4: See Table 2. “Damaged region (D)” represents the fluted raceway area.
“Non-damaged region (ND)” represents the area outside the fluted raceway. Selected areas for the
XPS measurements are shown with red circles.

Table 2. Conditions of test A14 with the test setup in Figure 1.

Bearing current I, 4 A, DC

Ring 1: Electrical polarity Negative

Axial bearing force F, 400 N
Calculated bearing Hertz'ian area Ay, 1.04 mm?
Apparent bearing current density J;, 3.85 A/mm?
Bearing speed n 1500 rpm
Grease lubricant Arcanol MULTI3
Ring 1 temperature ¢, 44.6 °C

Test duration 24h

The investigated ring 1 was too big to be mounted on the sample holder of the used
surface-inspecting instruments in Sections 3-5. Hence, the ring was cut into smaller pieces,
with the longest dimension shorter than 18 mm, via an electric discharge machining (EDM)
wire-cut process. The wire-cutting avoids a high temperature on the sample. It is one of
the most precise and low-damaging techniques to cut hard steel in order to investigate the
cross-section of the sample in Section 5. Prior to each of the following measurements, the
sample is first cleaned with a cotton cloth, then with ethanol and deionized water, and
finally blow-dried with an air flow.
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3. WLI Results

White light interferometry (WLI) is a non-contact optical method for measuring surface
heights, varying between tens of nanometers and a few centimetres. The damaged raceway
surface of test A14 is measured via the WLI profilometer in Table 1 with a magnification of
240, a resolution of 0.19 um in x- and y-direction, and less than 2 nm in z-direction.

Figure 5a shows a pseudo-colored view of the measured surface after removing the
“fundamental” form deviation, described by 3rd order polynomial. Based on the rules in
ISO 25178 [36], used to calculate the surface parameters of Figure 5a, the Gaussian L-filter
(ISO 16610-61 [37]) with a cut-off wavelength of A. = 25 um is applied to remove Large
scale height components, thus eliminating a waviness with wavelengths A > A.. Then, the
Gaussian S-filter (ISO 16610-61 [37]), with a cut-off wavelength of Ag = 0.25 um, is applied
to remove Small scale height components, thus eliminating the measurement noise. The
selected cut-off wavelengths A, As are suitable for the shown roughness in Figure 5a,
since A and A are, respectively, bigger and smaller than the typical a-spot diameters of
1 pm. The resulting surface parameters in given in Figure 5d. The histogram in Figure 5b
shows the distribution of heights of the 1311 x 787 data points in Figure 5a with a bin
width of 0.01 pum. The Abbott-Firestone curve [38] in Figure 5b gives the cumulated curve
of the height distribution. It is used to calculate the functional parameters in Figure 5d.
The functional parameters for volumes are calculated for the material ratios S;;1 = 10%
and Sy = 80% [36]. The measured roughness has 10% of the measured heights above
c1 = 0.28 um and 20% by ¢, = —0.22 um below the mean plane. The highest roughness peak
is 1.8 um above, and the lowest about —3.3 um below the mean plane. The measured rms
surface roughness in Figure 5a is Sq = 0.31 pum.
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Figure 5. Test A14: Measured surface of a 250 um x 150 pm area within a fluting valley of the fluted
bearing raceway of Figure 4 (resolution in x—and y—direction 0.19 um, in z—directions < 2 nm),
after removing the third-degree polynomial form. (a) Pseudo-colored surface view. (b) Histogram of
1311 x 787 measured points and corresponding Abbott-firestone curve. (c) Watershed segmentation of
motifs for a part of (a) with Wolf pruning (height criterium 5% S,). (d) Determined surface parameters
of (a), using a Gaussian L—filter (Ac = 25 um) and S-filter (As = 0.25 um) according to ISO 25178.
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For these high surface peaks in Figure 5a, it is likely that the lubrication film is
penetrated, causing local mechanical and electrical contacts within the encountered surface
of the Hertz'ian area. The relatively deep valleys in Figure 5a may entrap the burnt lubricant,
namely the carbon particles. The lubrication film thickness & = 0.62 um is calculated based
on the measured bearing force, bearing speed, and lubrication viscosity according to [33,39,40].
We assumed equal rms surface roughness values Sq = 0.31 um for the raceway and the

balls, resulting in a composite rms surface roughness o = \/ 0.31 um? + 0.31 umz = 0.44 pm.
Hence, the calculated lambda value A = h/0 = 1.41 < 3 indicates a “boundary lubrication
state” even at the elevated speed n = 1500 rpm as a result of the big surface roughness. The
reason for this big roughness is the exposition of the bearing to the high bearing current
density 3.85 A/mm? (factor 10 above the admissible limit) during test A14, resulting in
electrical asperity contacts even at the higher speed level 1500 rpm.

To characterize a surface, it is helpful to identify the repeating patterns, called
“motifs” [41]. A part of the surface in Figure 5a is segmented into motifs in Figure 5¢
with the watershed algorithm [42], using Wolf pruning with a height criterium 5% S [42].
This height criterium of 5% S, for the pruning is appropriately selected, since the resulting
motif dimensions in Figure 5c are in the range of some micrometers, which is the same
range of the roughness in lateral direction due to the a-spots in Figure 5a. Figure 5c does
not show any repeating pattern because the a-spots caused an irregular roughness. So, the
surface in Figure 5a is described better with the height and functional parameters of ISO
25178 in Figure 5d, introduced for a general surface, rather than with feature parameters
describing the motifs.

4. XPS Results

In the following, the composition and variation of iron oxide phases of the raceway
surface are studied by depth profiling with successive Ar*-ion sputtering at 3 kV with
an investigated raster area of 1 x 1 mm?, using the XPS instrument from Table 1. The
energy calibration of the XPS instrument was performed via measurements of the Cu
2p, Ag 3d, and Au 4f core levels and the Ag Fermi edge. XPS with Ar*-sputtering depth
profiling is a reliable tool for determining surface sensitive (<10 nm) elemental composi-
tions. EDS and XRD are less suitable for the surface composition analysis, as EDS has a
rather high penetration depth of the electron beam and of the photon emission (~10 um),
resulting in low sensitivity for thin surface layers such as of oxides, hydroxide, and carbon
derivatives. XRD cannot distinguish between different iron oxide phases in the layer (e.g.,
Fe,O5 and Fe30y) due to their similar lattice constants [43]. XPS [44] uses a monochromatic
Al-Ka-X-ray beam with a photon energy Eppoton = /v = 1486.7 eV (h: Planck’s constant, v:
wave frequency) focusing on the sample. The kinetic energies Eyjpetic Of the emitted elec-
trons from the sample surface are measured via an electron energy analyzer, separating the
electrons within a given kinetic energy band from the rest of emitted electrons. An electron
detector counts these separated electrons. The electron binding energy Epinding Of €ach of
the emitted electrons is determined by using the photoelectric effect equation [44]

Ebinding = Epho’ton - (Ekinetic + (P)f ®)

where ¢ is a work function-like term for the specific surface of the material and instrument.
It is considered as an adjustable instrumental factor for energy calibration. For each element
and its chemical states, there are specific discrete energies between the electron levels and
hence an individual electron population spectrum of the emitted electrons. Therefore, the
intensity CPS (counted electrons per second) at each binding energy band depends on
the sample and has specific peaks. Not all the electrons generated by the X-ray irradiated
volume escape to the electron analyser without any collision with other atoms. Hence, the
peaks in the measured spectra are superimposed on a background of inelastically scattered
electrons on the high-binding energy side of each peak [44].
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After monitoring the survey spectra, the high-resolution core-level photoemission spectra
were collected for iron (Fe 2p3,), as the most abundant element on the steel surface, along
with oxygen (O 1s) and carbon (C 1s) as the expected constituents, corresponding to iron
oxide/hydroxide, iron carbide phases, as well as organic contaminants from sample handling
in air, respectively. A small Cr signal is observed especially in the non-damaged region, as well
as very weak Cu and Zn signals as contaminations on the top surface, which are neglected
here. The XPS data were processed using the CasaXPS software package (version 2.3.25) [45],
in which the peak position values (Figure 6) were constrained within 0.1 eV.
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Figure 6. Peak positions of the Fe 2p3,, and C 1s spectra used in this work, comparing to the
literature [46-55], respectively [A-]].

XPS analysis of iron oxides encounters many difficulties stemming from the complexity
of the Fe 2p spectra, e.g., due to the complex multiplet splitting and overlapping of peak
positions, similar to other first-row transition metal compounds in the periodic table [56].
Thus, for the sake of simplicity, only broad peaks representing Fe¥, Fe?*, and Fe®* states
are shown in Figure 7. The Fe 2p3,, spectra of the damaged (D) and non-damaged (ND)
regions can be divided into the following two categories:

(i)  First in conductive phases, which belong to zero-valent Fe’, and iron carbide Fe;C,
appearing around 706.7 eV and 707.8 eV, respectively.

(i) Second in low-conductive iron oxide phases at higher binding energies, corresponding
to Fe?*, Fe?*, and Fe?* satellite peaks at 709.6 eV, 711 eV, and 714.4 eV, respectively.
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Figure 7. Fe 2p;,, high resolution spectra of damaged D (right panel) and non-damaged ND
(left panel) regions, as marked in Figure 4, as a function of sputtering time. The different chemical
forms of Fe are specified with colored regions; see Figure 6 for reported peak positions.

Due to the asymmetric line-shape of Fe 2p3,,, the presence of Fe3C in the C 1s
spectra apparently confirms that iron atoms also exist in carbide form. The main peak
positions for C 1s are listed in Figure 6. The components in the high-resolution spectra
of Fe 2p3/, (region marked) and C 1s (fitted) at the given sputtering times are shown in
Figures 7 and 8, respectively.
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Figure 8. Peak fitting of C 1s high resolution spectra from damaged D (left panel) and non-damaged
ND regions (right panel) in pristine state (0 min) and after 15 min sputtering. See Figure 6 and [46,50]
for peak positions. Measured data points are shown with discrete open circles (a. u.: arbitrary unit).

The existence of each element can be recognised on the survey spectra, ranging from
0 eV to 1350 eV, having a step size 0.5 eV, by the received photoelectrons at specific binding
energies. In our case, Fe, C, and O were recognized as the main elements in the survey
spectra. In the next step, the high-resolution measurements, with a step size 0.075 eV,
of the recognized elements at the following binding energy spans are performed: Fe
(705.2 eV-716.9 eV) and C (281 eV-290 eV), as shown in Figures 7 and 8, respectively.

The background noise must be subtracted from the spectra before calculating the
atomic percentages, obtained from the spectra [44]. Assuming one representative peak for
one element, the atomic percentage X of an element g, among m elements in total, can be
calculated from the high-resolution spectra [57]:

_ Ag - Ak
Xy =100 x <S—g> / <k21 Sk) @)

where A is the measured peak area in CPS - eV, S is the sensitivity factor of the peak,
and k is a counting number. The sensitivity factors S are calculated for each element,
considering the ionization cross-sections, the inelastic mean free paths as element specific
parameters, and the transmission function and the XPS measurement angle as instrument
specific parameters [57]. The used CasaXPS program handles most of these adjustments
automatically by reading metadata from the XPS data.

The atomic percentages of the total amount of Fe, O, and deconvoluted C peaks are
shown in Figure 9. In the Fe 2p3/; spectra, besides the peaks associated with metallic iron
around 706.7 eV, other resolved peaks are related to iron oxide/carbide phases. For instance,
in Figure 7 (left panel) for the damaged region D, before any sputtering (pristine state) there
are measured high intensities around 711 eV, which represent iron oxide/oxyhydroxide
phases. These high binding energy intensities gradually vanish with longer sputtering
times. After 60 min of sputtering, almost no sign of iron oxide phases is seen in Figure 7 at
D/60 min. In contrast to the D region, after a short sputtering time of the non-damaged
region ND, a significant portion of the surface oxide and of the contaminants (e.g., C-C)
are eliminated from the surface, as seen in the right panel of Figure 7. Even after the initial
sputtering cycles, for example, after 1 min, a higher metallic iron content exists in the ND
region, compared to the D region (Figure 7). Moreover, Figure 7 shows that the increase of
metallic content and the decrease of the oxide content reach a saturated state.
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Figure 9. Measured atomic percentage of Fe (total amount), of C (deconvolved in carbide C (Fe3C)
and the rest of C), and of O (total amount) for (a) the damaged D and (b) non-damaged ND region,
versus the sputtering time with values 0 min, 0.5 min, 1 min, 3 min, 7 min, 15 min, 30 min (only D),
60 min (only D).

The deconvoluted high-resolution C 1s spectra for D and ND regions at two sputtering
times, (a) 0 min (pristine) and (b) 15 min, are displayed in Figure 8. It is revealed that there
is a high concentration of iron carbide in the structure after etching the mostly organic
carbon contaminations in both regions. Because of using arbitrary units (a. u.) for the peak
intensity, the peak areas are only realistically comparable within an overlayered figure or
are visible in Figure 9. For instance, the atomic percentage of the Fe3C component of C 1s
peak in Figure 8 ND/15 min is significantly smaller than that of Fe3C in Figure 8 D/ 15 min
(see Figure 9).

The surface elemental composition as a function of the Ar*-ion sputtering time is
plotted in Figure 9. For simplicity, Figure 9a,b shows the atomic percentage of the total
amount of Fe, O, and the carbide form of C (Fe3C) and the rest of C content from D and
ND regions. A high concentration of organic contaminants (C-C, C-O, and C=0), labeled
with “C other”, exists at the outermost pristine surfaces for both D and ND regions. The
organic contaminants are mostly associated with burnt lubricant in the bearing raceway.
The concentration of the contaminants decreases sharply as we approach the bulk from
the surface.

We assume that the ND region after 15 min of sputtering (Figure 9b) represents the
composition of the bulk steel. Among 100 considered atoms in the ND region at 15 min,
there are ca. 88 Fe atoms, from which 18 Fe atoms are in Fe3C form (deduced from three
times of carbidic C content). Hence, 18/88 = 20% of the Fe atoms are in Fe3;C form. The
atomic percentages of Fe and C in the bulk steel 100Cr6 are 93.16% and 4.47%, respectively
(see Table 3). Hence, the percentage of Fe atoms in Fe3C form, divided by all Fe atoms in
the bulk steel 100Cr6 yields 4.47 x 3/93.16 = 14.4%, which is close to the measured 20% in
Figure 9b at 15 min. With further sputtering of the D region (after 60 min), it is expected
to reach the same atomic percentages of Figure 9b at 15 min. This is not achieved after
60 min sputtering in Figure 9a on the D region. Among 100 considered atoms in the D
region at 60 min, there are 69 Fe atoms, from which 45 Fe atoms are in Fe3C form, giving
48/69 = 70% of the Fe atoms in Fe;C form. It reveals how deep the iron carbide exist in the
D region due to the high temperatures caused by the electric current flow. The mechanical
sliding of the surface asperities, and probably also particles in the lubricant, ploughs the
surface as a plastic abrasion in the Hertz’ian area. Hence, the formed oxides and carbides
are also relocated in the depth of the raceway surface.
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Table 3. Approximate atomic percentage (at%) and mass percentage (m%) of the main elements in
the bulk bearing steel 100Cr6, data adapted from [58].

Element at% m% Element at% m%
Fe 93.16 96.90 Mn 0.34 0.35
C 447 1.00 Cr 1.55 1.50
Si 0.48 0.25

The bearing steel, having ca. 1% C (m%) in its composition, is already in the hyper
eutectoid region of the Iron-Carbon phase diagram [59]. Hence there are hard pro-eutectoid
Fe3C grain boundaries between the pearlite grains. At high temperatures, the ferrite steel
can enter the austenite, ledeburite, or even the liquid phase. The “hot” steel can solve
more C into its structure from the abundant lubricant available at the ambient of the a-spot.
During the rapid cooling down to the ambient temperature, the solved C atoms cannot
diffuse out of the grains, resulting in the formation of martensite. As a result, a hard and
brittle surface is formed with an increased carbide content [60].

In Figure 9, two substantial differences in the chemical composition of the D and ND
regions are observed:

(i)  The thickness of the oxide layer, formed on the surface of the D region, is significantly
larger than that of the ND region.

(i) Contrary to the ND region, where the concentration of Fe3C near the surface closely
resembles that of the bulk composition, the Fe;C concentration in the D region is
significantly higher (by 50%), even at depths far away the top surface.

The formation of both iron carbide and iron oxide are expected to be accelerated at
elevated temperatures (typically over 1000 °C). The oxidation and carburization processes
require O and C atoms, derived from the ambient air and from the lubricant, respectively.
The thickness of the layers in the XPS depth profile analysis is not reported here due to
the uncertainties in the etching rate of the Ar*-beam. These uncertainties stem from the
chemical composition of the surface and the slightly deviated direction of the Ar*-beam,
due to the magnetic properties of the sample.

Figure 10a shows the typical topography of the D and ND regions before Ar*-sputtering.
The images of the sputtered areas of the D and ND region are shown in Figure 10b,c,
respectively. Although the sputtering time for the D region is four times longer than for the
ND region, the signs of the electrical damage on the surface are still obvious. This agrees
with the XPS measurements, which show that after 60 min sputtering in the D region, the
content of Fe3C is still 3.5-times higher than that of the ND region after 15 min.

|Bef0re sputtering “After 60 min sputterin,

g“After 15 min sputtering‘

X e

‘10 um, x 1000, 15.0 KV, SEI LM, WD 8.0 mm w10 um, x 1000, 15.0 KV w10 um, x 1000, 15.0 KV

Figure 10. Bearing surface of Figure 4: SEM images of the raceway surface, shown in Figure 4 as
“selected areas for XPS”. (a) A border between the D and ND region before the Ar*-sputtering.
(b) The D region after 60 min sputtering. (c) The ND region after 15 min sputtering. Directions of
the Al-Ka-X-ray beam, of the Ar*-beam, and of the XPS-photoelectrons, accepted by the electron
analyzer, for both (b,c).
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The angle between the incident Ar*"-beam and X-ray beam and the surface plane is 45°
for each pair of them. The XPS analyzer is located at a normal angle to the sample surface
(Figure 10). The effects of material sputtering in Figure 10b, corresponding to the Ar*-beam
gun direction, is visible. The 60 min Ar*-sputtering in the D region has drastically changed
the morphology of the sample surface. However, 15 min of Ar*-sputtering in (Figure 10c)
was not enough to eliminate or alter the surface morphology. The parallel lines in the ND
region in Figure 10a are those due to the bearing manufacturing process, with a measured
peak-to-valley distance of around several hundred nm.

5. SEM and EDS Results with the FIB Process

In scanning electron microscopy (SEM), a focused beam of electrons with an energy
of e.g., Eg = 15 keV sweeps the sample surface in a raster grid. The scattered electrons
with different energies are counted via an electron detector for each point on the sample
to determine the contrast of a corresponding pixel in the output image of the SEM. The
incident electron from the electron beam either deflects its path due the elastic scattering
via the electric field of the atomic nucleus and returns from the surface as “back-scattered
electron BSE”, or finally strikes an electron of an atom as inelastic scattering, releasing
it from its atomic orbit as “secondary electron SE”. Leaving the surface, the SE may be
detected by the Everhart-Thornley electron detector (ETD) and contributes to building up the
secondary electron image (SEI) [61]. The SE leaves a vacant position in the orbit of the atom.
Other electrons of that atom, in outer orbit positions with higher energies, immediately
fill the vacancy, thereby releasing the corresponding energy difference as X-ray photons.
The X-ray, measured by an X-ray detector, builds up an X-ray spectrum for each sampling
point. Unlike SE and BSE images, the characteristic X-rays give exact information of the
composing elements in the energy-dispersive X-ray spectroscopy (EDS).

The information obtained from the sample is not limited to the diameter of the incident
beam d ~ 10 nm [61]. It is gathered from a volume that is 100 to 1000 times bigger than
33-d3. This drop-shaped “interaction” volume differs in size for SEs, BSEs, and X-rays. The
SEs have much lower energy levels < 50 eV with a distribution peak at ca. 2-5 eV and are
emanated only from a shallow depth of the surface up to ca. 100 nm [61]. As such, the
SEs are more suitable for a topographical contrast image of the surface. The BSEs have
much higher energies, from 50 eV to the beam energy E, with a distribution peak close to
Ep and a larger penetration depth up to ca. 1 um. Hence, the BSEs are more for suitable
a compositional contrast image. The characteristic X-rays give compositional information
of an interaction volume with a depth up to ca. 5 um [61]. The more electrons are collected
by the detector for a pixel, the brighter that pixel is in the SEM images of the SEs and
BSEs. A change of contrast of the pixels in an SEM image usually gives useful information
on the investigated specimen. Several factors contribute to a good image contrast. The
crystal orientation of the topography to the incident beam direction, the tilting of the
sample surface with respect to the incident beam direction and to the detector surface, the
atomic number Z and density of the composing elements, the electrical conductivity of
the surface due to charge accumulation, the magnetic field strength, and other factors that
affect the amount and direction of the scattered electrons toward the detectors. Among
these influencing factors, SE images are very sensitive to the surface topography, while BSE
images are very sensitive to the atomic number of the composing elements. The SE images
show generally steep surfaces, edges, and borders of protrusions brighter than flat areas.
The BSE images show the areas with higher atomic number Z as brighter than the areas
with lower Z.

We inspected the surface of the fluted raceway via SEM (Figure 11). The fluted region
D in the SE image of Figure 11a looks brighter due to the higher roughness when compared
to the non-damaged region ND. The SE image of Figure 11b, derived from the EDS software
(INCA Energy Software 350, version 4.15), shows the border of the damaged and non-
damaged region D and ND, respectively. The high contrast between the edges and the
flat area is filtered. However, the holes in the damaged area are much darker compared
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to the asperities due to the lack of incident electrons reaching the holes. The bearing
current, passing through the ball-raceway interface, causes locally strong Joule heating in
the electrically high-resistance a-spot contacts due to the very high local current densities,
leading to melting and even boiling of the surface at the a-spots, hence damaging the
surface (Figure 11b). The electrical bearing current, by its magnetic self-field, also slightly
magnetized the ferromagnetic ring sample structure. Due to this remanent magnetic field,
SEM was challenging. A system with a compensation field was used to cancel the effect of
the sample magnetic field on the SEM measurements. The track radius of the raceway and
the corresponding curvature form of the track surface makes the SEM challenging as well.
To optimally focus the electron beam, many trial-and-errors attempts had to be made.

—— 500 (1m, x 50, 15.0 kV

Non-damaged region

=1 i, x 5000, 15.0 KV, SEI LM, WD 8.0 mm == 1 um, x5000, 15.0 KV, SEI LM, WD 8.0 mm
Figure 11. (a) SEM image of the sample in Figure 4. (b) Magnification of (a) with filtering the edge

effects. (c) SEM image after the FIB process of (b). (d—f) Magnification of (c), (d) and (e), respectively.
Measurements with the SEM/FIB instrument 1 in Table 1.
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The method of Focused Ion Beam (FIB) excavation was employed (Figure 11b—f) to
mill a trench at the border between the damaged and non-damaged regions D and ND.
The sidewall of the trench is examined, using SEM to inspect the composing layers on the
surface. The FIB-milling proceeds as follows: First, a band of 1 pum thick platinum (Pt) layer
is deposited on the surface as a protective layer against the excavating Ga-ion beam. Then
the trench is milled via the focused Ga-ion beam up to the Pt-band (Figure 11d). At the
beginning of the FIB-process, for a coarse-milling the Ga-ion beam is wide and with high
energy in order to speed up the milling process, but this results in a vague SEM image
of the sidewall. Hence, with a FIB-fine-milling, the cross-section is polished via a narrow
Ga-ion beam with lower energies, giving a clear view of the stacked layers (see Figure 11f).
Each FIB process takes about 6 h.

Despite this technique, SEM could not show a distinct oxide layer on the damaged
raceway. Between the deposited Pt layers and the bulk steel, only signs of surface damage
are visible. Apart from that, the difference between the damaged and non-damaged region
is insignificant. A white layer between the Pt layer and bearing surface appeared that
could not be explained. Further investigations showed no sign of this layer. The edges
in the SE images of Figure 11d—f appeared brighter, as expected, due to the edge effect.
The reason that the upper-right edges of the asperities are brighter than the edges on the
other directions is due to the position of the electron detector on the upper-right side of the
sample.

The EDS is used to determine the chemical composition of the surface in Figures 12-17.
The depth of the characteristic X-ray for an element is calculated from [61]:

_ 0064 /168 168
Re= = (ot — EY), 5)

where Ry is characteristic X-ray penetration depth in pum, p is material density in g/ cm?,
Ey is incident electron beam energy, and Eq is the critical excitation energy, both in keV. The
“characteristic” X-ray penetration depths for Fe, O, and C are calculated in Table 4. The
term “characteristic” is skipped in the following.

3b |936| 35 | 0.6 | 1.2 | 1.1 0.0 Visual layers

Figure 12. EDS analysis of the damaged part D of the sample in Figure 11e. (a) Selected points
for EDS analysis. (b) Elemental mapping of the given area for the elements O (red) and Fe (green).
(c) Atomic percentage of the elements for the selected points in (a). (d) Average of C, O, and Fe
as atomic percentage from layer 1 to 3 from the data in (c). Measurements with SEM/FIB/EDS
instrument 1 in Table 1.
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Figure 13. SEM and EDS elemental mapping of the sample surface in Figure 4 on a border between
the damaged and non-damaged region D and ND. (a) SE image. (b) BSE image in COMPO mode.
(c) EDS elemental mapping of O (red). (d) SE image with overlaid EDS elemental mapping of O (red)
and Fe (green). Measurements with SEM/EDS instrument 1 in Table 1.

BSE detector 1 —». .4— BSE detector 2

Incident electron beam ————»

<+— SE detector
BSE <, LY )

Sample: Fe Pit N o ca. 30°

BSE interaction volume

Figure 14. Schematic situation of the incident electron beam, the SE and BSE for a pit (e.g., due
to electrical current damage) on a surface, measured with the SEM instrument. The energy and
penetration depth of the SEs are much lower than of the BSEs.
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Figure 15. SEM and EDS elemental mapping of the sample surface in Figure 4. (a) SEM image
of the middle of the raceway in the damaged area D. (b) SEM image of the border of damaged
and non-damaged area D and ND. (c,d) Regions I and II in (a), respectively. (e) Region III in (b).
(f) Atomic percentage of the selected elements in the regions I, Il and III. Measurements are done
with the SEM/EDS instrument 1 in Table 1.

124



Lubricants 2024, 12, 148
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Figure 16. SEM and elemental mapping of the sample surface in Figure 4. (a) Filtered SE image of
the damaged and non-damaged area D and ND. (b) EDS elemental mapping of O. (c—e) Region I,
II, and Il in (a), respectively. (f) Atomic percentage of the selected elements in Points 1, 2, and 3.
Measurements were conducted with the SEM/EDS instrument 2 in Table 1.

(b): Atomic percentage of elements in
points 1 and 2:
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Figure 17. SEM/EDS analysis of the bearing ring cross-section at the damaged raceway D (Figure 4),
after polishing with sandpaper (Table 1). (a) SEM image of the cut surface (b) EDS measurements of
Points 1 and 2 from (a). Measurements with the SEM/EDS instrument 2 in Table 1.

125



Lubricants 2024, 12, 148

Table 4. X-ray penetration depth of Fe, O, and C in steel for pgee) = 7.8 g/cm? and Eg = 15 keV.

Elements Fe o C
Critical excitation energy E./keV 7.11 0.532 0.283
X-ray penetration depth Ry /pm 0.55 0.77 0.78

In Figure 12a, six points are selected on the sidewall of the trench in Figure 11e. The
visually distinguishable domains are indexed with 1 to 3, from surface-to-bulk, respectively.
On the top of layer 1 is the deposited Pt layer, which is beyond the scope of this study. For
each visual domain, two points are measured, labeled with a and b, via the EDS. The results
are shown in Figure 12c. Note that Pt and Ga are the contaminations of the FIB process.
The trend curves of C, O, and Fe with increasing depth are plotted in Figure 12d, indicating
that the Fe-concentration increases from-surface-to-bulk, whereas the C-concentration
decreases. The changing trend of the concentrations are in good agreement with our
XPS measurements.

The EDS elemental mapping of O and Fe in Figure 12b reveals that the O-concentration
decreases from-surface-to-bulk. Each EDS data point represents a drop-shaped interaction
volume with a depth of ca. 0.7 um (see Table 4), so the EDS results do not necessarily
represent the features on the SE image, but also beneath of it. The SEs have an “escape
depth” up to 5Ae ~ 2.5 nm [61,62], where A is the mean free path of the SEs in Fe.

The topology of the surface was further investigated with the SEM analysis via SEs
and BSEs in Figure 13a,b, respectively. Two electron detectors for BSEs were mounted over
the sample close to the incident electron beam (Figure 14), each detecting the BSEs of one
side of the beam better than the other side [61]. The BSE image has two modes of operation:
the Topographical Mode (TOPO) and the Compositional Mode (COMPO). The COMPO
mode gives a better atomic number contrast for composition, since the intensities of the
BSE detectors are added to intensify the atomic number contrast. The TOPO mode gives
a better topographical contrast, since the intensities of the BSE detectors are subtracted
from each other to intensify the variation of the atomic number with the moving electron
beam. Here only the COMPO mode is used. The pits caused by the electric current in
the SE image of Figure 13a are darker than in the BSE image of Figure 13b. As shown in
Figure 14, unlike the BSE detector, the SE detector is placed at an angle of ca. 30° with the
sample plane [61]. Hence, the SEs, emitted from the pits, may be disturbed by the crater
rims of the pits, and do not reach the detector. Due to this “shadow effect”, the pits look
darker in the SE image. In the BSE image, for the very deep pits the number of emanated
BSEs is reduced, contributing to their darkness. Moreover, the disintegrated burnt lubricant
yields carbon (Z. = 6), entrapped in the pits, and appears darker when compared to the
metallic iron atoms Fe (Zg, = 26).

The EDS elemental mapping is employed in Figure 13c,d to detect the surface oxide. It
is expected that the oxide covers the whole surface, especially at the damaged areas, where
the high temperatures due to the electric current flow occurred. The penetration depth of
the EDS technique for O is ca. 0.77 um (Table 4). The oxide layer exists on the surface in
a much thinner depth than 0.77 pm. Hence, the EDS technique cannot inspect the intended
oxidized surface exclusively. The EDS results contain information from the deeper regions
as well. The O in the elemental mapping is not distributed evenly over the damaged region
D. The areas with the higher bumps due to surface damage have a thicker metal layer of
previously molten material, resulting in a higher O concentration. In any case, a higher
O concentration in the damaged area D is obvious in Figure 13c,d when compared to the
non-damaged area ND.

EDS elemental mapping is used for larger areas in Figure 15 to verify the findings
of Figure 13c,d. Three areas, one on the fluting valley in D, one on the fluting peak in D,
and one outside the raceway in the non-damaged region ND, are selected, as shown in
Figure 15a,b. The EDS elemental mappings in Figure 15c—f show that the averaged atomic
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percentage of O in area I and II is almost equal at around 21%, which is much bigger than
that of area III with only 2.8% outside the flutings in the non-damaged region.

To verify the findings of Figure 15, another SEM/EDS investigation was performed
in Figure 16. Figure 16b shows a higher concentration of O in the damaged region D.
Unlike Figure 15, in Figure 16c—e, EDS spectra are measured at three points (1, 2, and
3) in the regions I, II, and III, respectively. The concentration of C in Point 1 is higher
than in Point 2, suggesting that Point 2 is in a deep pit located on the damaged surface D,
where a significant amount of C is trapped as a result of the burnt lubricant. A higher O
concentration in Point 1 compared to Point 2 is due to the difference in the C concentration
and due to the height difference. The bigger heights of the bumps compared to the pits
result in their longer exposure time to the high temperatures during the bearing current
flow, leading to more oxidation. Point 3 outside the damaged region has a much lower O
concentration, a much higher Fe concentration, and a relatively lower C concentration, as
listed in Figure 16f.

To investigate the surface characteristics, like in Figures 11 and 12 but without de-
posited Pt, the whole cross-section of the bearing ring is cut via an EDM wire cut. Thus, the
bearing ring is divided into four parts. For one part, the cut surface (Figure 17) is polished
with sandpaper (Table 1) to clean the surface of cutting-caused contaminants. To protect
the edge of the damaged surface and to get a finer flattening of the cross-section surface,
another part of the cut surface (Figure 18) was finely polished with the polishing machine
in Table 1 with SiC paper with the following grit numbers: P120, P220, P320, P500, P1200,
P500, P4000; each for approx. 2 min.
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polished surface

— |0 @m, x 2500, SEI, 15.0 KV, WD 7.7 mm — 2 (im, x 6500, SEI, 15.0 KV, WD 7.7 mm
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(f).  edge effect / charge effect

— ] um, x 25000, SEI, 15.0 KV, WD 7.7 mm | um, x 15000, SEI, 15.0 KV, WD 7.7 mm

Figure 18. Bearing ring cross-section, cut at the damaged raceway (Figure 4), after polishing with
the polishing machine (Table 1). (a) Light microscope image of the cut and polished surface (b—f) SE
images of the surface. Measurements were conducted with the SEM instrument 1 in Table 1.
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The SEM image of Figure 17a does not show any distinct layer on the surface related
to the oxide. The bright color shining on the edge may be due to the “edge effect” of the
emitted SEs in SEM technique [61]. The SEs are emitted much more from the edges of
a protrusion than from a flat region. This effect arises because the SEs have shorter “escape
paths” from the SE interaction volume to the surface. The sample is metallic (conductive),
and the sample holder is electrically grounded, so the electrons cannot accumulate in
any part, connected electrically to the bulk. Any electrically insulated particle on the
surface appears shiny due to the “charging effect” [61]. The insulating oxide may result in
a charging effect on the surface, causing the shiny color. Two points are selected for EDS
analysis: Point 1 on the edge of the sample targeting the damaged surface and point 2 on
the bulk steel. Figure 17b shows, by 5.4 times and 2 times, respectively, higher O and C
concentration on the damaged surface (point 1), compared to the bulk steel (point 2).

The SEM image in Figure 18e shows the typical bumps and pits due to the electrical
damage. Figure 18f shows no clear margin between the surface layers and the bulk steel.
The XPS results in Figure 9 have shown the composing layers on the surface. The iron oxide
concentration decreases exponentially, moving inward from surface-to-bulk. A pronounced
change and a visible border line between the oxide and bulk steel is therefore not expected
in Figure 18f. The edge effect may cause the shiny regions in Figure 18f, and/or the
insulating oxide on the surface may accumulate the electrons from the incident beam,
resulting in an increased SE emission and the shining color. This charge effect is more
probable visible in Figure 19.

] m, x 10000, 15.0 KV, SEM COMPO == ] um, x 5000, 15.0 KV, SEM COMPO

Figure 19. Like Figure 18 but rotated to view the damaged surface and to inspect via BSEs. (a-d):
low to high magnifications, respectively.

Figure 19 is the same sample as in Figure 18 but rotated to take images from the
damaged surface and via BSEs. The typical surface damages are seen in Figure 19, similar
to those in Figures 11b and 13d. The dark spots on the surface are attributed to the deep
holes or the accumulation of C. The generally brighter color of the surface compared to
the bulk may be due to the insulating oxide layer (charge effect) and/or due to a reduced
amount of incident electrons reaching the bulk steel.
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6. Summary

The electrically damaged surface of a fluted raceway of an axial ball bearing type
51208 was studied. An DC apparent bearing current density of 3.85 A/mm?, which is
ten times bigger than the safe limit value 0.3 A/mm?, at 400 N axial bearing force and
a grease lubrication with Arcanol MULTI3, had generated severe fluting after 24 h operation
at 1500 rpm. The properties of the electrically damaged area of the raceway within the
fluting pattern, influenced by the degraded lubricant, in comparison with the non-damaged
area was closely investigated by light microscope, WLI, SEM, XPS, and EDS.

WLI showed high roughness peaks on the surface. The motif analysis showed that the
surface roughness was irregular and stochastic. These findings support our hypothesis that
the very high bearing currents lead to a roughened surface, causing mechanical contact
points between the raceway and the ball, even at an elevated speed of e.g., 1500 rpm, where
typically full lubrication was expected.

SEM showed the signs of locally molten electrical contact points (a-spots). The residual
carbons from the degraded lubricant are trapped in the surface pits and can be seen in dark
contrasts in the BSE images. These findings support our hypothesis that the locally high
current density results in excessive Joule heating, which leads to local melting of the steel.
This heat obviously burns lubricant molecules, explaining the carbon deposits and the
blackening of the lubricant. A distinguishable border between the oxide phases and the bulk
of bearing was not seen in the SEM images after the FIB or the cut-and-polish procedures.

The XPS and EDS results proved the existence of surface oxide phases. The XPS also
showed the high share of iron carbide on the surface in the damaged area. Skipping the
surface contaminations and moving from-surface-to-bulk, the atomic concentration of iron
oxide phases decreases, the carbide increases first and then slightly decreases, and the
metallic iron increases. This supports our hypothesis that the electrical current flow must
punch the insulating oxide layers at distinct changing contact points. The electrical current
flow chemically changed both the lubricant and the raceway surface. Figure 20a gives
a schematic view of the intact bearing surface without current flow, hence the non-damaged
region ND, where the “native oxide” due to exposure to air results in a thin oxide layer.
On the contrary, Figure 20b illustrates the compositional surface changes schematically
due to current flow in the damaged region D, along with the surface topographies, where
the asperity peaks make the mechanical contacts, and the carbon residues are trapped in
the surface pits. Not all the mechanical contacts cause electric contacts (a-spots) due to the
insulating oxide layer, which mostly covers the ball-raceway interfaces. Hence the fluting
pattern generation may be influenced by the local abrasion of the oxide layer. Its periodic
pattern is so far explained by micro-vibrations of the contact partners with peak-to-valley
depths of up to 3 um in our case.

¢ Metallic iron: Fe?

* Iron carbide: FesC

¢ Iron-oxide phases

¢ Carbon contaminations

— Electric current flow
Hot spot: “a-spot”

*%°% o e

Ring outside raceway».‘.."l I S

(a) Non-damaged region (b) Damaged region

Figure 20. Schematic illustration of the sample surface of Figure 4. (a) Non-damaged region ND.
(b) Damaged region D by current flow.
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7. Conclusions

The findings reveal that high bearing current flow of ten times the admissible limit,
used as a time accelerator in fluting generation, does not only change the bearing raceway
surface topography but also leads to an increased concentration of “electrically insulating”
iron oxide layer and “mechanically hard” iron carbide layer on the bearing steel. This
electrically insulating oxide layer only allows an electric current flow via small contact
spots (a-spots), penetrating the insulating layer. The electrical resistance of these fast-
changing spots explains the electrical voltage drop, which remains nearly constant close to
the melting voltage of steel, even with an increasing current. New contact spots occur in
parallel, existing spots are widened due to a local melting. The very high local electrical
current density leads to high local temperatures at the electrical contact points, melting and
deforming the surface locally and causing an increased surface roughness, which supports
a bigger current flow. The high local temperatures accelerate the surface oxidation and,
by burning of lubricant molecules, starts the carburization of the iron. This explains the
increased iron oxide and iron carbide concentrations in the electrically damaged regions
along with the blackened lubricant. The investigated fluting pattern is a periodic peak-
valley surface deterioration, may be influenced by this oxide layer. Its periodicity is up to
now explained by a perpendicular micro-vibration of the electrical contact partners within
the elastic lubrication film. A simulation of this fluting generation process for the starting
with the first surface craters to the final fluting pattern is still missing. But our findings
provide a closer insight on the fluted surface due to bearing current flow and shall support
future simulation models on the fluting generation. Hence, any future simulation to model
the process of fluting generation must consider the following components:

(1) arelative movement between the metallic contact partners,

(2) alubrication film with elastic properties to allow a perpendicular ball vibration,
(3) an electrical current flow via small contact points,

(4) aproper description of the electrically insulating surface layer.
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Nomenclature

Anz Total Hertz'ian area per raceway
a.. Arbitrary unit

BSE Back Scattered Electron
COMPO  Compositional mode

CPs Count per second

D Damaged region

EDM Electric discharge machining
EDS Energy Dispersive Spectroscopy
ETD Everhart=Thornley detector

Fy Bearing force
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FIB Focused ion beam

HF High frequency

h Central lubrication film thickness
I Time-averaged bearing current

ip, Momentary bearing current

iy Bearing current amplitude

To Apparent bearing current density
LM Low Magnification

ND Non-damaged region

n Shaft rotational speed

p Electrical power

S Sensitivity factor

Sq Surface profile roughness, rms
SEM Scanning Electron Microscopy

SE Secondary Electron

SEI Secondary Electron Image

TOPO Topographical mode

t Time

u, Time-averaged bearing voltage
1y, Momentary bearing voltage

Us Momentary source voltage

WD Working Distance

WLI White Light Interferometry

XPS X-ray Photoelectron Spectroscopy
X Atomic percentage

/8 Average bearing temperature

A Lambda ratio of roughness /o
Ae Mean free path of electron

o Composite surface roughness, rms
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Abstract: Micro-hole aerostatic bearings are important components in micro-low-gravity simulation
of aerospace equipment, and the accuracy of micro-low-gravity simulation tests is affected by them.
In order to eliminate the influence of air resistance on the attitude control accuracy of remote sensing
satellites and achieve high fidelity of micro-low-gravity simulation tests, in this study, a design
and parameter optimization method was proposed for micro-hole aerostatic bearings for a vacuum
environment. Firstly, the theoretical analysis was conducted to investigate the impact of various
bearing parameters and external conditions on the bearing load capacity and mass flow. Subsequently,
a function model describing the variation in bearing load capacity and mass flow with bearing pa-
rameters was obtained utilizing a BP neural network. The parameters of aerostatic bearings in a
vacuum environment were optimized using the non-dominated sorting genetic algorithm (NSGA-II)
with the objectives of maximizing the load capacity and minimizing the mass flow. Subsequently,
experimental tests were conducted on the optimized bearings in both atmospheric and vacuum
conditions to evaluate their load capacity and mass flow. The results show that in a vacuum envi-
ronment, the load capacity and mass flow of aerostatic bearings are increased compared to those in
standard atmospheric conditions. Furthermore, it has been determined that the optimal solution for
the bearing’s load capacity and mass flow occurs when the bearing has an orifice aperture of 0.1 mm,
36 holes, and an orifice distribution diameter of 38.83 mm. The corresponding load capacity and
mass flow are 460.644 N and 11.816 L/min, respectively. The experimental and simulated errors are
within 10%; thus, the accuracy of the simulation is verified.

Keywords: vacuum environment; NSGA-II algorithm; load capacity; mass flow; experimental study

1. Introduction

To ensure the operational precision of aerospace equipment, a micro-low-gravity
environment needs to be constructed on the ground to validate the performance of the
aerospace equipment, thereby comprehensively assessing various performance indicators
of the aerospace equipment. In ambient pressure environments, it is challenging to achieve
agile maneuvering and high-precision attitude control of remote sensing satellites due to
factors such as air resistance [1]. In contrast, a vacuum environment can reduce the impact
of the environment on micro-low-gravity simulation tests. Therefore, remote sensing
satellites need to undergo testing in a vacuum to eliminate the effects of air resistance and
other environmental factors on ground tests. As a crucial component in ground micro-
low-gravity simulation for remote sensing satellites, the aerostatic bearings are essential to
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ensure the high fidelity of the experiments. Excessive air discharge from the bearings in a
vacuum environment can adversely affect the level of the vacuum, thereby compromising
the accuracy of ground-based micro-low-gravity simulation tests. However, the parameters
of the bearings directly impact their performance. In order to design a micro-hole aerostatic
bearing with a high-load capacity and low-mass flow in a vacuum, optimization of the
bearing parameters is necessary.

Miyatake et al. [2] studied aerostatic thrust bearings with a diameter smaller than
0.05 mm, and the static and dynamic characteristics of the bearings were investigated using
computational fluid dynamics (CFD) in comparison with those of composite throttling aero-
static thrust bearings. Gao et al. [3] examined the pressure distribution, load capacity, and
stiffness of aerostatic bearings under various speeds and eccentric conditions, discussing the
coupling of aerostatic and aerodynamic effects within the bearings. Chakraborty et al. [4]
analyzed the performance of porous alumina film aerostatic bearings by combining theory
and experiment under atmospheric pressure, and the results showed that the bearing bore
diameter, air supply pressure, and radial load had a great influence on its performance.
Khim et al. [5] analyzed the phenomenon of pressure increase in aerostatic bearings moving
under vacuum conditions through theoretical analysis and experimental validation, at-
tributing the pressure rise to additional leakage caused by stage velocity and air molecules
adsorption and desorption from the guide rail surface. Fukui et al. [6] investigated the
characteristics of externally pressurized bearings under high Knudsen number conditions
at an environmental pressure of 0.1 kPa. Experimental results showed similarities with
lubrication equation simulations, confirming the applicability of the lubrication equation.
Trost et al. [7] studied small orifice throttling aerostatic bearings under vacuum conditions,
determining the critical pressure and critical radius at which viscous air flows within the
bearing transition to molecular flow and establishing the relationship. Schenk et al. [8]
researched the characteristics of aerostatic bearings in a vacuum environment, observing
a decrease in stiffness and an increase in load capacity compared to atmospheric pres-
sure conditions, and proposed a flow field calculation model at any supply air pressure.
Gan et al. [9] investigated the slip effect of air lubrication at arbitrary Knudsen numbers
using the Boltzmann equation. These studies indicated that the performance of bearings
in a vacuum environment differs from that in atmospheric pressure conditions, yet the
lubrication equation remains applicable in a vacuum. Chan et al. [10] optimized the struc-
ture of bearings using a particle swarm optimization algorithm to maximize stiffness and
minimize friction. Wang et al. [11] employed a genetic algorithm to optimize the structure
of porous bearings to maximize load capacity and stiffness, enhancing computational effi-
ciency. Nenzi et al. [12] optimized aerostatic bearings using the cubic partitioning method
(HDM), demonstrating that the HDM method could obtain multiple optimal solutions with
less computational effort. Yifei et al. [13] established mathematical models for stiffness and
dynamic stability, conducted optimization calculations under different load conditions, and
verified the optimization results. Hsin et al. [14] utilized the two-stage grid-interpolated
fitting (GIF) method for bearing optimization design, obtaining a larger Pareto front dis-
tribution with reduced computational effort. Zhang et al. [15] studied the application of
machine learning with neural networks and genetic algorithms in multi-objective optimiza-
tion of heat exchangers, developing prediction models for heat transfer coefficients and
pressure drops. By designing models with different parameters and training datasets, they
utilized neural networks for prediction and employed multi-objective genetic algorithms
for global optimization to obtain the Pareto boundary solution set for optimal combina-
tions of key parameters. Few researchers have focused on optimizing bearing parameters
based on mass flow, and optimization of aerostatic bearings parameters has mainly been
conducted under atmospheric pressure conditions, thus lacking optimal parameters for
bearings in a vacuum environment. In conclusion, there is a need to propose a design and
optimization method for aerostatic bearings in a vacuum environment.

According to the aforementioned research, most scholars have focused on the study of
aerostatic bearings in ambient pressure conditions, with limited research on bearing perfor-
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Annular groove

Thrust shell

mance in vacuum environments. Furthermore, studies conducted in vacuum environments
have only explored bearings under specific parameters, without providing principles for se-
lecting and optimizing parameters for bearings in vacuum conditions. In order to mitigate
the impact of air resistance on the precision of attitude control for remote sensing satellites,
micro-low-gravity experiments and the use of bearings must be carried out in a vacuum.
In a vacuum environment, the Reynolds equation is solved using the five-point difference
method in this study. The effects of bearing parameters (air film thickness, number of ori-
fices, aperture of orifice, and distribution diameter of orifice) and external environment (air
supply pressure and vacuum level) on the load capacity and mass flow are analyzed. With
the objectives of maximizing load capacity and minimizing mass flow, the target function is
nonlinearly fitted using a BP neural network. The NSGA-II algorithm is then employed to
determine the Pareto front optimal solution of the bearing in a vacuum environment. The
optimal parameters of the bearing in a vacuum environment are obtained by applying the
maximum-minimum value method to multiple sets of solution strategies. The accuracy of
the optimization method is demonstrated through a comparison of numerical analysis and
experimental verification. A comparison between numerical analysis and experimental
verification demonstrates the accuracy of the optimization method, providing a theoretical
and experimental approach for the application of bearings in vacuum settings.

2. Theory and Methods
2.1. Structure of Air Bearing

The structure of aerostatic thrust bearing is shown in Figure 1. The aerostatic thrust
bearing mainly consists of the thrust shell and the thrust bearing. There is an annular
groove on the thrust shell, and this structure allows for the air to enter from the supply hole
to be uniformly distributed to the orifices of the thrust bearing. The outer diameter of the
aerostatic thrust bearing is R; the distribution diameter of the orifice is 7; the aperture of the
orifice is dy, and the air film thickness is #. When the bearing is in operation, high-pressure
external air flows into the annular groove of the thrust shell from the supply hole and then
into the uniformly distributed orifices. Due to the pressure inside the air film thickness
being higher than the external ambient pressure, the pressure difference between them
generates the load capacity, causing the bearing to float.

Orifices Thrust bearing

Air flow

Supply hole

Figure 1. The structure of aerostatic thrust bearing.

2.2. Theory Model
In the vacuum environment, the flow of air in the flow field satisfies the Navier-Stokes
equations. Simplifying the flow field, the Reynolds equation for the stable flow of air in a
thrust-bearing flow field is expressed as [16]:
10 o)

op? op?
29 B3Py L 9 39P” -
ror (rh or )+ 7200 ( 20 )+ Q=0 M
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equation can be written as

pv, and the dimensionless Reynolds
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where r is the radial length of the bearing; 6 is the circumferential angle of the bearing; i
is the air film thickness; p is the internal pressure of the air; # is the dynamic viscosity of
the air; rg is the reference radius; p, is the ambient pressure, and hy is the reference film
thickness. At the orifice §; = 1, and at the non-orifice 6; = 0.

The mass flow of air outflow at the orifice is expressed as [16]:

. 2
muut:(pPsA~1/%~1p 3)
a

where ¢ is the flow coefficient; Ps is the air supply pressure; A is the area of the orifice; p,
and p, are the environmental pressure and atmospheric density respectively, and the air
density in vacuum is

poTo

Pa = PaT, Pa 4

where py is the density of air in the standard state; Tj is the temperature of the air in the
standard state; p4 is the standard atmospheric pressure, and T, is the ambient temperature.
The flow function 1 is represented as follows [16]:

o~

=
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where k is the adiabatic coefficient; p; is the orifice outlet pressure, and fy is the critical
pressure ratio. The mass flow of the air into the orifice should be equal to the mass flow
out, as shown in Equation (6).

iy = 0Us = Tiout (6)

By solving the partial differential equation of Equation (2), the pressure distribu-
tion of the bearing can be obtained; the bearing load can be obtained by integrating the
pressure against the bearing surface, and the mass flow of the bearing can be obtained
by Equation (3).

2.3. Solution Algorithm

The finite difference method has the advantages of high precision and fast convergence,
etc. Therefore, the finite difference method is used to solve the partial differential equation
of Equation (2), and the solving process is shown in Figure 2. m + 1 nodes are set in
direction 6, and 1 + 1 nodes are set in direction & The § = 1 and 6 = m + 1 boundaries are
periodic boundaries, and the ¢ = 1 and ¢ = n + 1 boundaries are atmospheric boundaries.

Using the difference Equation and the pressure of neighboring points, p(i, j) is ob-
tained as follows:

D= Eij ?)
"\ Aij+Bij+Cij+Dij
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Figure 2. Finite difference method.
The coefficients in the Equation are expressed as follows:
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Eij = AijPij1 + Bijpij 1+ CijPiia;+ Dijpi 1 +7°Q0;
The pressure is adjusted by Equation (9):

Pij = kpi;+ (L= K)pk;; )

where k is the adjustment coefficient and its value is 0 to 1; p; ; is the pressure of the

previous iteration, and pk; jis the pressure of the next iteration. The iteration stops when
the difference between the two is sufficiently small. Based on the above methods, calculate
the pressure distribution of the bearing and obtain the bearing capacity and mass flow

as follows: a
W= g (7 — 1)pads
> (10)
Q=EorA- /Py
a

2.4. Optimization Method

According to Equation (10), it can be obtained that the bearing capacity and mass flow
vary with the position, quantity, and diameter of the bearing orifices. In order to achieve
high bearing capacity, a greater number of orifices and a larger mass flow are required,
resulting in coupling between variables. Therefore, in order to obtain a bearing structure
with high bearing capacity and low mass flow, it is necessary to establish the functional
relationship between bearing capacity and mass flow concerning the number, diameter,
and position of the orifices. By identifying its relative minimum value, the optimal solution
can be obtained.

As a nonlinear fitting algorithm, the BP neural network can process and fit complex
functional relationships with strong applicability. Therefore, the BP neural network is
chosen to fit the model [17,18]. The constructed neural network is shown in Figure 3. The
input layer consists of three variables, namely, the distribution circle radius r, the number
of orifices 1, and the aperture of orifice dy. Two hidden layers are selected for nonlinear
mapping, and the output layers are bearing capacity and mass flow.
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Figure 3. BP neural network structure.

The weights and biases obtained from the training of the BP neural network are passed
through the transfer functions of the hidden and output layers, which then undergo nonlin-
ear mapping to ultimately derive the output results. These output results are compared
with the actual target values to calculate the loss function. Finally, adjustments are made to
the parameters through the backpropagation of the neural network. The training of the
neural network stops when the sum of the overall error squares is minimized.

Given the input variable X = (r,1,dp), the weights and biases of the hidden layer
are denoted as w!!, w?, b1, b? with the activation function of the hidden layer being
hy(x) = tansig(x). The weights and biases of the output layer are represented by w> and
b¥, with the activation function of the output layer being h,(x) = purelin(x). According to
the principle of the BP neural network, the output of the output layer can be expressed as

{W:hz(w31h1(w21h1(w“X+b“)+b21)+b31) (11)
Q= hz(w32h1 (w22h1 (w12X + blZ) + b22) + b32)

The determination coefficient is usually used to judge the fit degree, as shown in

redict .
j

Equation (12). In this equation, F; is the predicted value of the objective function;

. C e . T 1. N
F ﬁcmal is the true value of the objective function; F?]-Cma is the average value of the objective

function, and R is the determination coefficient. The closer the determination coefficient is
to 1, the better the fitting effect is proved.
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According to Equation (11), the relationship between bearing capacity and mass flow
as functions of the position, quantity, and diameter of the bearing orifices can be obtained.
This represents the optimized model, as shown in Equation (13). min, #min, and domin
represent the minimum values of design variables, while 7max, imax, and domax represent
the maximum values of design variables, with F(X) being the objective function.

min F(X) = (-W(X),Q(X))
s.t. Tmin < 7 < Tmax
Nmin <1 < Nmax
dOmin < d() < dOmax

(13)

The non-dominated sorting genetic algorithm (NSGA-II) is a multi-objective opti-
mization algorithm based on domination [19,20], which can obtain better optimization
results when solving complex multi-objective optimization problems. In this paper, the
NSGA-II algorithm is used to optimize the structure of bearings to obtain multiple sets
of Pareto front optimal solutions [21]. Subsequently, a decision is made on the multiple
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sets of Pareto front optimal solutions based on Equation (14) [22], leading to the ultimate
determination of the optimal bearing parameters.

LW — Wiz Winin|

i Wmax—Wnin
- el s

G = min(max(L}", L?))

where L}N and L? are the deviation of bearing capacity and mass flow from the optimal
solution; W; is the size of bearing capacity in the Pareto frontier optimal solution, and LIQ is
the size of each mass flow in the Pareto frontier optimal solution. Wmax, Wmin, Qmax, Qmin
are the maximum and minimum values of bearing capacity and mass flow in the Pareto
frontier optimal solution. By calculating G from Equation (14), the optimal bearing capacity
and mass flow of the bearing under vacuum can be obtained, and the corresponding
solution is the optimal design parameter of the bearing. The calculation process is shown
in Figure 4.

BP neural network fitting
Objective function F(X)

Given constraint

Initial population

Generation

population

Optimization of NSGA-I algorithm

Solve Reynolds equation by
difference

Load and mass flow(7 Q)

The solution of
lubrication equation

non-dominated sort

Selection, crossover,
variation

Yes

The evolutionary algebra is
2

Merger of parent and child
P S—

new parent Fast non-dominated sort
populations

Make decisions according to
Equation(14)

Find all the optimal Yes
solutions Selection, crossover, Congestion calculation
variation

Select new parent
populations

aximunt
evolution
algebra

No

Figure 4. Calculation flow chart.

The solution process is as follows:

1.  Input bearing parameters (distribution diameter of orifice, number of orifices, aper-
ture, etc.) and solve Reynolds equation according to Equations (1)—=(9) to obtain
pressure distribution;

2. According to the pressure distribution, the bearing capacity W and mass flow Q are
solved according to Equation (10);

3. The objective function F(X) is obtained by using the BP neural network and Equation (11);

4. Constraints of the independent variables are given, and the population is initialized;
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5. Select, cross, and mutate the population, then perform non-sequential sorting to
obtain the next generation of the population;

6.  Merge the offspring and parent populations to form a new population, then conduct
a fast, non-dominated sorting, calculate crowding distance, and rank the population
based on non-inferior levels;

7. Repeat the process of selecting, crossing, and mutating the population, then evaluate
if the evolutionary generation criteria are met; if so, output the results; if not, continue
the process until the criteria are met;

8. Make decisions on multiple solutions to obtain the optimal bearing parameters.

3. Experiment
3.1. Experimental Apparatus

According to the simulation results, the optimal structural parameters of the bearing
are obtained, and the bearing is manufactured according to the simulation parameters. It is
necessary to test the static characteristics of bearings in atmospheric pressure and a vacuum
environment to verify the accuracy of simulation results. The experimental apparatus for
the static characteristics of the bearing in an atmospheric pressure environment is shown
in Figure 5, consisting mainly of an air pump (1), LION PRECISION CPL592 non-contact
capacitive displacement sensor is sourced from Lion, Dayton, OH, USA, (2), table stand
(3), NS-WL1 force sensor is sourced from Tianmu, Shanghai, China (4), bracket (5), linear
guide rod (6), weights (7), computer (8), data acquisition processing system (9), granite
platform (10), SMC PFM711 flow meter is sourced from Gantuo, Shanghai, China (11),
test bearing (12), pressure gauge (13), power supply (14), valve (15), etc. The entire test
apparatus is leveled and placed on a vibration isolation platform.

(7

t
(11) (12) (13)(14) (15)
(a)

Figure 5. Static characteristic test of atmospheric pressure: (a) schematic diagram; (b) test equipment.

The air generated by the air pump is filtered and then connected to the supply orifice
of the bearing to be tested through the pressure regulating valve, pressure gauge, flow
meter, and micro-orifice restrictor. The bearing is lifted by the micro-orifice restrictor,
forming an air film between the bearing and the platform to provide the bearing with load
capacity. During the experiment, the bearing load can be changed by adjusting the mass
of the weights, and the magnitude of the load is measured by a force sensor. The table
frame is fixed on the column and clamps a non-contact capacitive displacement sensor. By
measuring the displacement changes between the sensor and the bearing, the variation
in the air film gap can be obtained. The measurement data are then transmitted to the
computer to obtain the curve of the load capacity with the change in the air film thickness.
The mass flow of the bearing is directly measured by the flow meter.
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To test the static characteristics of aerostatic bearings under different air supply pres-
sures and loads in a vacuum environment, a test platform was constructed, as shown in
Figure 6. The test platform mainly consists of a measuring platform (1), a cushion block (2),
a bearing to be tested (3), a weight (4), a gauge frame (5), a dial gauge (6), a vacuum
tank (7), a Z]51-T resistance gauge is sourced from Rui Bao Technology, Chengdu, China
(8), a data acquisition and processing system (9), a vacuum pump (10), a computer (11), an
air pump (12), a valve (13), a pressure gauge (14), and a flow meter (15).

© 10 (an

15) (14) (13)  (12)

(a)

Figure 6. Static characteristics test of different environmental pressures: (a) schematic diagram;
(b) test equipment.

The bearings are placed into a vacuum chamber, where the internal pressure is adjusted
by extracting the air with a vacuum pump. The pressure inside the chamber is monitored
by a resistance gauge, which feeds the values back to the computer. The test bearings are
placed on a measuring platform, and the load capacity is adjusted by varying the mass
of the weights. A dial gauge is used to measure the changes in the air film thickness of
the bearings, while the mass flow is measured in real time using a flow meter. During the
experiment, the working environment of the bearings is controlled by adjusting the air
supply pressure and the vacuum level of the vacuum chamber.

3.2. Experimental Methods
3.2.1. Experimental Conditions

Different working conditions are achieved by changing the external environmental
pressure and air supply pressure. The setting of working conditions is shown in Table 1. In
order to study the influence of vacuum degree on bearing performance, according to the
experimental conditions and the suction rate of the vacuum tank, environmental pressures
are set at 40,000 Pa, 37,000 Pa, 3500 Pa, 2800 Pa, 2500 Pa, 2300 Pa, 1600 Pa, 1100 Pa, 890 Pa. To
ensure the accuracy of experimental data, multiple operating conditions are set to explore
the performance of bearings. Air supply pressures are set at 0.1 MPa, 0.2 MPa, 0.3 MPa,
0.4 MPa, 0.5 MPa, and 0.6 MPa according to the pressure provided by the pump source.

Table 1. Test conditions.

Environmental pressure (Pa) 40,000 37,000 3500 2800 2500 2300 1600 1100 890

Air supply pressure (MPa)

0.1 0.2 0.3 0.4 0.5 0.6

3.2.2. Variables of Experimental Measurement

Bearing capacity and mass flow are the variables measured in atmospheric and vacuum
environments. In atmospheric conditions, the weight of the weight is changed; the change in
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bearing displacement is measured by a capacitance sensor; the change in air film thickness is
obtained, and the mass flow is measured by the flow meter. Under different environmental
pressures, the weight of the weight is changed; the change in bearing displacement is
measured by the dial meter, and the mass flow is also measured by the flowmeter.

Considering the experimental error, three measuring points were taken for each
working condition to measure the change in the air film thickness of the bearing, and the
loading process and unloading were respectively measured and repeated three times. The
average value of the obtained results is taken as the final experimental result, and finally,
the experiment to obtain the influence of various parameters on bearing performance
is conducted.

4. Results and Discussion

In addition to design variables, parameters set by simulation are shown in Table 2.

Table 2. Setting of simulation parameters.

Parameters Value
Bearing diameter D (mm) 64
Distribution diameter of orifice d (mm) 32
Number of orifices n 36
Aperture of orifice dy (mm) 0.1
Air film thickness i (um) 15
Air supply pressure Ps (MPa) 0.5
Ambient pressure P, (MPa) 0.1

Viscosity of air ;7 (N-s-m~2) 1.82 x 1073

Ambient temperature T, (k) 293.15
Adiabatic coefficient k 14

Critical pressure ratio By 0.528
Throttle coefficient ¥ 0.8

4.1. Influence of Geometric Parameters on Bearing Performance
4.1.1. Influence of Number of Orifices on Bearing Performance

Figure 7 shows the variation in bearing capacity and mass flow with air film thickness
and a number of orifices under normal pressure and 4000 Pa. In a vacuum environment,
it can be observed from Figure 7c,e that the bearing load capacity decreases gradually
with increasing air film thickness and increases with an increase in the number of orifices.
When the number of orifices is 22, the bearing capacity is the smallest, and when the
number of orifices is 50, the bearing capacity is the highest. According to Figure 7d, it
can be seen that the mass flow of the air bearing increases with the increase in the air film
thickness. When the air film thickness is 25 um, the mass flow changes very slowly with
the air film thickness. Therefore, when the air film thickness is large, the number of orifices
has a more significant effect on the bearing mass flow, but when the air film thickness
is between 10 um and 20 um, the number of orifices has a more significant effect on the
bearing capacity. According to Figure 7f, it can be seen that the mass flow of the air bearing
gradually increases with an increase in the number of orifices.

In atmospheric pressure conditions, it can be deduced from Figure 7a,b e, f that while
the load capacity and mass flow of the bearing follow a similar trend as the thickness of the
air film and the number of orifices in the vacuum environment, the bearing load capacity
decreases by about 150 N, and the mass flow decreases by about 0.2 L/min compared
with the vacuum environment. The reason for this is as follows: at an ambient pressure of
4000 Pa, the outlet pressure of the bearing is lower, resulting in a greater difference between
the internal and external pressures of the bearing and a stronger load capacity. As the outlet
pressure of the bearing decreases, the outlet flow rate is higher than atmospheric pressure,
so the mass flow is also higher than atmospheric pressure.
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Figure 7. Influence of air film thickness and number of orifices on bearing performance under
different environmental pressures: (a) influence of air film thickness and orifice number on bearing
capacity under atmospheric pressure; (b) influence of air film thickness and orifice number on
mass flow under atmospheric pressure; (c) influence of 4000 Pa environmental air film thickness
and the number of orifices on the bearing capacity; (d) influence of air film thickness and orifice
number in 4000 Pa environment on mass flow; (e) influence of the number of orifices under different
environmental pressure on the bearing capacity when the air film thickness is 20 pm; (f) influence of
the number of orifices under different ambient pressure on the mass flow when the air film thickness
is 20 pm.

4.1.2. Influence of Distribution Diameter of Orifice on Bearing Performance

Figure 8 shows the variations in bearing load capacity and mass flow of the bearing
with changes in air film thickness and orifice distribution diameter at atmospheric pressure
and 4000 Pa.

In a vacuum environment, it can be observed from Figure 8c,e that with the increase
in the orifice distribution diameter, the load capacity of the bearing first increases and
then decreases. When the orifice distribution diameter is 38 mm, the bearing has the
maximum load capacity, while at 55 mm, it has the minimum load capacity. The reason
behind this phenomenon lies in the formation of a stable high-pressure zone as the air
flows from the orifice toward the center of the bearing. When the orifice is closer to the
center position, the proportion of the intermediate high-pressure zone is relatively small,
resulting in a lower bearing load capacity. As the orifice distribution diameter gradually
increases, the proportion of the intermediate high-pressure zone also increases, leading
to an enhancement in the bearing load capacity. However, as the orifice distribution
diameter continues to increase, the orifice approaches the bearing outlet, causing the air to
rapidly overflow from the outlet, thereby reducing the bearing load capacity. According
to Figure 8d, it is evident that when the air film thickness is less than 25 um, the mass
flow of the bearing increases slowly with the increase in orifice position. When the air film
thickness exceeds 25 pm, the mass flow of the bearing is 9.15 L/min and remains constant
as the orifice distribution diameter no longer changes.
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Figure 8. Influence of air film thickness and orifice distribution diameter on bearing performance
under different environmental pressures: (a) influence of air film thickness and orifice distribution di-
ameter on bearing capacity under atmospheric pressure; (b) influence of air film thickness and orifice
distribution diameter on mass flow under atmospheric pressure; (c) influence of air film thickness
and orifice distribution diameter on bearing capacity in 4000 Pa environment; (d) influence of air film
thickness and orifice distribution diameter on mass flow in 4000 Pa environment; (e) influence of the
distribution diameter of orifice under different ambient pressure on the bearing capacity when the air
film thickness is 20 um; (f) influence of different ambient pressure distribution diameters on mass
flow when the air film thickness is 20 pm.

In the atmospheric environment, it can be inferred from Figure 8a,b,e,f that the overall
trends of load capacity and mass flow follow a similar pattern to that of the vacuum envi-
ronment. However, the load capacity value decreases by approximately 160 N compared to
the vacuum environment, while the maximum mass flow decreases by around 0.2 L/min.
Based on the analysis above, when the orifice distribution diameter is 38 mm, the bearing
exhibits a higher load capacity.

4.1.3. Influence of Orifice Aperture on Bearing Performance

Figure 9 shows the variation in bearing capacity and mass flow with air film thickness
and orifice aperture under atmospheric pressure and 4000 Pa.

According to Figure 9, it can be seen that at atmospheric and environmental pressures
of 4000 Pa, as the orifice aperture increases, the bearing capacity and mass flow gradually
increase. Moreover, the bearing capacity in a vacuum is 200 N higher than atmospheric
pressure, and the mass flow is 0.1-0.2 L/min higher than atmospheric pressure. When
the air film thickness is between 10 um and 20 pm, the bearing’s load capacity uniformly
changes with the orifice aperture, while the mass flow of the bearing increases slowly.
When the air film thickness exceeds 20 pm, the gradient of load capacity change remains
consistent with before, but the mass flow increases rapidly. The reason is that the larger
the orifice aperture, the larger the throttling area, and when the air film thickness is large,
the outlet pressure of the bearing is very small, resulting in a higher flow rate, ultimately
leading to a rapid increase in the mass flow of the bearing. When the load is constant,
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the air film thickness of the bearing in a vacuum is higher than that under atmospheric
pressure. Therefore, the air film thickness of the bearing should not be too high. Based on
the influence of the number and diameter of the orifices on the bearing performance, the
air film thickness should be selected as 20 um.
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Figure 9. Influence of air film thickness and orifice aperture on bearing performance under different
environmental pressures: (a) influence of air film thickness and orifice aperture on load capacity in
atmospheric pressure conditions; (b) influence of air film thickness and orifice aperture on mass flow
in atmospheric pressure conditions; (c) influence of air film thickness and orifice aperture on load
capacity under 4000 Pa environmental pressure; (d) influence of air film thickness and orifice aperture
on mass flow under 4000 Pa environmental pressure; (e) influence of orifice aperture on load capacity
under varying environmental pressures with an air film thickness of 20 um; (f) influence of orifice
aperture on mass flow under varying environmental pressures with an air film thickness of 20 um.

4.2. Influence of Environmental Conditions on Bearing Performance
4.2.1. Influence of Air Supply Pressure on Bearing Performance

Figure 10 shows the influence of air supply pressure on the performance of bearings
under atmospheric pressure and an ambient pressure of 4000 Pa.

According to Figure 10, it can be seen that at atmospheric and environmental pressures
of 4000 Pa, the bearing capacity and mass flow of the bearing increase with the increase in
air supply pressure. When the air supply pressure is 0.2 MPa, the bearing capacity increases
slowly with the decrease in air film thickness, and the mass flow also increases slowly.
When the air supply pressure is increased to 0.6 MPa, the bearing capacity increases rapidly
with the decrease in film thickness, and the mass flow increases rapidly. When the envi-
ronmental pressure is 4000 Pa, the bearing capacity is increased by about 20% compared
with atmospheric pressure, and the mass flow is about 1.05 times atmospheric. In the
vacuum environment, the floating amount increases compared with the normal pressure.
To mitigate the self-excited vibration of the bearings and enhance their stability, the air
supply pressure of 0.4 MPa is recommended based on Figure 10.
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Figure 10. Influence of air supply pressure on bearing performance under different environmental
pressures: (a) influence of atmospheric air supply pressure on the bearing capacity; (b) influence of
atmospheric air supply pressure on mass flow; (c) influence of 4000 Pa ambient air supply pressure
on the bearing capacity; (d) influence of 4000 Pa ambient air supply pressure on mass flow.

4.2.2. Influence of Environmental Pressure on Bearing Performance

Figure 11 shows the variation in bearing capacity and mass flow with air film thick-
ness under different environmental pressures. According to Figure 11a, bearing capacity
gradually increases with the reduction in environmental pressure. When the environmental
pressure is 37 kPa to 40 kPa, the bearing capacity increases by about 30% compared with
atmospheric pressure; when the environmental pressure is reduced below 3.5 kPa, the bear-
ing capacity is increased by about 50% compared to the atmospheric pressure environment.
The bearing capacity increases very slowly by continuing to reduce the environmental
pressure. According to Figure 11b, it can be seen that the mass flow of the bearing in
vacuum increases by about 5% compared with the atmospheric pressure environment, but
the mass flow increases very slowly with the increase in vacuum degree. Therefore, when the
vacuum degree is about 3.5 kPa, the bearing capacity and mass flow reach the best parameters.

4.3. Pareto Frontier Optimal Solution

Transfer functions such as trainlm, trainbr, trainscg, and traingdx are used for fitting
F(X). The determination coefficients obtained according to Equation (12) are 0.9621,
0.9997, 0.9977, and 0.9650, respectively. Therefore, trainbr is selected to train the data
to obtain F(X).

When the ambient pressure is 3500 Pa, the air supply pressure is 0.4 MPa, and the air
film thickness is 20 um; the optimal solution of the Pareto front of the objective function
is shown in Figure 12. According to Figure 12, a total of 29 groups of optimal solutions
were obtained by using the optimization algorithm, and the G value was the 28th solution.
In this case, the distribution diameter of the orifice corresponding to the 28th solution is
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38.83 mm; the number of orifices is 36, and the aperture of the orifice is 0.1 mm. At this
time, the corresponding bearing capacity in the vacuum environment is 460.644 N, and the
mass flow is 11.816 L/min. According to this parameter, the static test of the bearing is
carried out under different air supply pressure and environmental pressure.
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Figure 11. Influence of different environmental pressures on bearing performance: (a) influence of
different environmental pressures on the bearing capacity; (b) influence of different environmental
pressures on mass flow.
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Figure 12. Pareto frontier optimal solution.

In order to verify the accuracy of the NSGA-II multi-objective optimization algorithm,
particle swarm optimization algorithm, simulated annealing algorithm, and Tabu search
algorithm were used to obtain bearing capacity and mass flow. The results are shown
in Table 3. It can be seen from Table 3 that compared with other algorithms, the ratio of
carrying capacity to mass flow obtained by the NSGA-II algorithm is the largest, and the
solution is optimal under this algorithm.

Table 3. Algorithm comparison.
Aleorithms NSGA-II Particle Swarm Simulated Annealing Tabu Search
& Algorithm Optimization Algorithm Algorithm
Bearing capacity W (N) 460.644 480.598 500.987 470.325
Mass flow Q (L/min) 11.816 12.658 14.658 12.126
Ratio 38.98 37.97 34.18 38.79
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4.4. Comparison between Simulation and Experiment

The bearing material is S136 stainless steel made in Tianjin, China. In the case of high
load and small mass flow, the optimized bearing parameters are shown in Table 4. The
physical picture of the bearing is shown in Figure 13.

Table 4. Bearing parameters.

Parameters Value
Bearing diameter D (mm) 64
Distribution diameter of orifice d (mm) 38.8
Number of orifices n 36
Aperture of orifice dy (mm) 0.1

Figure 13. Bearing picture.

When the ambient pressure is 0.1 MPa, and the air supply pressure is 0.4 MPa, 0.5 MPa,
and 0.6 MPa, respectively, the bearing capacity and mass flow obtained by simulation and
test are shown in Figure 14. According to Figure 14, under different air supply pressures,
bearing capacity decreases with the increase in air film thickness, and mass flow increases
with the increase in air film thickness. The load capacity and mass flow obtained by
simulation are in good agreement with the experimental values. To further verify the
correctness of the simulation, the influence of different environmental pressure and supply
pressures on the bearing air film thickness when the bearing load is 280 N was tested, and
the results are shown in Figure 15.

According to Figure 15a, the air film thickness and mass flow gradually increase with
the decrease in environmental pressure. The reason is that the bearing outlet flow rate
gradually increases with the reduction in pressure, so when the load is constant, the air
film thickness is higher, and the flow rate is larger. According to Figure 15b, when the load
is constant, the air film thickness and mass flow increase with the increase in air supply
pressure. The maximum error of the whole test is about 10%. The main reasons for the
difference between the theoretical value and the test value are as follows: First, the flatness
error of the bearing surface and the inclination of the bearing during measurement are
not considered in the simulation. Second, the external environment, such as noise and
equipment vibration, will cause fluctuations in the thickness of the air film. In addition,
according to the previous analysis, the orifice aperture has a great impact on the bearing
performance. Because the orifice aperture is small and difficult to process, it will produce
errors with the simulated theoretical value. Considering the influence of processing and
assembly errors, we have taken a safety factor of 1.5 times under rated load conditions, so
it still meets the requirements for use under this error.

149



Lubricants 2024, 12, 224

700
= —O — Experiment =600 —O — Experiment = 5 @
2 mec ol e |2 e
g 2400 2
g g JUU E
(=} Q 200 =]
A = =150l
100
ol b
5 10 15 20 25 30 35 40 5 10 15 20 25 30 35 40 6 12 18 24 30 36 42
Film thickness(um) Film thickness(um) Film thickness(um)
(a) (b) ()
10 12.0
=9 ~10.5¢ )
g g g 105
£ 8 g g 1.
E ; E 9.0 E 56
g £ 75 7
= 6 i = Bxperiment & v o ey
2 $ g 2 5o / —D—lszxpelnmem g 75
imulation VT —&— Simulation
s 5ty = f ' = 60
4l 45t N
5 10 15 20 25 30 35 40 5 10 15 20 25 30 35 40 T 5 10 15 20 25 30 35 40
Film thickness(um) Film thickness(ym) Film thickness(ym)
@ © ®
Figure 14. Comparison of simulation and experiment in atmospheric pressure environment:
(a) comparison of bearing capacity when Ps = 0.4 MPa; (b) comparison of bearing capacity when
Ps = 0.5 MPa; (c) comparison of bearing capacity when Ps = 0.6 MPa; (d) mass flow comparison
when Ps = 0.4 MPa; (e) mass flow comparison when Ps = 0.5 MPa; (f) mass flow comparison
when Ps = 0.6 MPa.
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Figure 15. Comparison of simulation and experiment under different environmental pressures and
different air supply pressures: (a) comparison of simulation and experiment of different environmen-
tal pressures; (b) comparison of simulation and experiment of different air supply pressures.

5. Conclusions

In this paper, the influence of different parameters and external environments on
the bearing capacity and mass flow of air bearings applied in a vacuum environment
were analyzed by combining numerical simulation and experimental verification, and the
bearing structure was optimized. The following conclusions were reached:

1.  In the vacuum environment, because the outlet pressure of the bearing is lower
than that of the atmospheric pressure, the pressure difference between the inside
and outside of the bearing increases, and the outlet flow rate increases, resulting in
the bearing capacity and flow rate being increased compared with the atmospheric
pressure environment and gradually increasing with the decrease in vacuum degree;
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2. With the optimization goals of maximum load capacity and minimum mass flow of
bearings in the vacuum, the objective function was fitted using a BP neural network
and combined with the NSGA-II multi-objective optimization algorithm to optimize
the bearing parameters. When the bearing’s aperture of the orifice is 0.1 mm, the
number of orifices is 36, and the distribution diameter of the orifice is 38.83 mm,
the bearing has a maximum load capacity of 460.644 N and a minimum mass flow
rate of 11.816 L/min;

3. Experiments are carried out on the optimized bearing parameters in atmospheric
pressure and vacuum environments. The maximum error between the experimental
and theoretical values is 10%, which verified the correctness and feasibility of the
simulation and provided a theoretical and experimental method for the design of the
aerostatic thrust bearing in a vacuum;

4. When designing bearings for application in a vacuum environment, the optimization
and experimental methods proposed in this paper can quickly design ideal parameters,
greatly improving the efficiency of design. This is of great significance for the design,
manufacturing, and maintenance of bearings;

5. Although the optimization method of bearing parameters presented in this paper is
carried out under specific fields, materials, and experimental conditions, the analysis
and calculation methods presented in this paper are still of popularization signif-
icance for other fields, materials, and experimental conditions. In future studies,
we will try to obtain the output values for how to use numerical methods in other
experimental conditions.
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