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Preface

Many industrial sectors require highly specialized experimental setups capable of reproducing
complex loading conditions such as fretting fatigue, dynamic vibrations, or full-scale operational
scenarios. The contributions of this Special Issue focus on methodologies, design strategies, and
implementation aspects related to the development of innovative mechanical testing facilities with
special attention dedicated to mechanical design solutions, control architectures, instrumentation
integration, and experimental validation procedures. The goal of this Special Issue is to promote
knowledge sharing and stimulate the development of increasingly effective and innovative testing

solutions within the mechanical engineering community.

Ciro Santus and Massimiliano De Agostinis
Guest Editors
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Abstract: To optimize and improve the impact performance of a hydraulic rock drill, it is helpful to test
the stress waves of the drill and analyze the impact energy, impact frequency, and energy utilization
rate. For this study, a stress wave test bench was designed and built, according to international
standards, in order to study the impact process of a hydraulic rock drill under the working pressures
of 18 MPa and 23 MPa. The impact energy, impact frequency, and energy utilization rate of two
different hydraulic rock drill pistons in low, middle, and high gear were analyzed using a control
variable method. The results demonstrate that the impact stress waves of the rock drill periodically
occur in the drill rod, and then decay exponentially until they become close to zero. Moreover, the
amplitude of the incident stress wave determines the rock-breaking ability of the drill. The impact
energy of the short piston is greater than that of the long piston, with a maximum average value
of 346.1 J; the impact frequency of the long piston is higher than that of the short piston, with a
maximum average value of 62 Hz; and the energy utilization rate of the short piston is higher than
that of the long piston, with a maximum average value of 56.92%, which is close to the theoretical
ideal efficiency. Therefore, it can be concluded that the impact performance of a hydraulic rock drill
can be effectively tested using the proposed horizontal bench, and that piston characteristics and the
working pressure are the main factors affecting impact performance. Accordingly, when developing
a hydraulic rock drill, it is advisable to select a shorter piston and a higher working pressure, thus
allowing the drill to provide good impact performance.

Keywords: hydraulic rock drill; impact performance; stress wave

1. Introduction

The hydraulic rock drill is the external working mechanism of a rock drill jumbo and
is the most important component for rock drilling [1]. It is widely used in mining, tunnel
excavation, urban construction, and other engineering operations [2]. A hydraulic rock
drill uses oil as its working medium, converting the pressure energy of the oil into the
impact energy of the piston, and then transmits this energy through the drill rod into the
rock in the form of a stress wave [3]. Previous research has generally focused on improving
the impact performance and energy utilization of hydraulic rock drills.

Through experimentation, Jaho Seo et al. [4] established a hydraulic rock drill sim-
ulated calculation model. They analyzed the effect of working pressure on the impact
performance of the rock drill, and concluded that the pressure was the main factor affecting
the impact frequency and impact energy, which verified the reliability of the analysis
model. Giuffrida et al. [5] carried out simulated calculations on the working process of a
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hydraulic rock drill and found that the impact frequency of the rock drill increased with
an increase in working pressure, while the impact efficiency was affected by the compre-
hensive effects of pressure, flow, and so on. Chang-heon Song et al. [6,7] used the Taguchi
method to determine the main design parameters affecting the impact performance of rock
drills. They concluded that the main factors affecting the impact force were the supply
pressure in the impact system and the diameter of the impact piston rod. Hu et al. [8]
established a dynamic simulation model of a hydraulic rock drill and tested two hydraulic
rock drills: YYG138 and YYG150. The simulated results were consistent with their test
results. Yang et al. [9] established a dynamic simulation model of a hydraulic impact
system; analyzed the dynamic characteristics of the impact mechanism; obtained the piston
chamber pressure, flow characteristic curve, and its impact on the impact performance; and
optimized the working parameters of the impact system on the basis of an orthogonal test
to improve the system’s efficiency. Ji Hong et al. [10,11] established a dynamic model for the
impact system of a hydraulic rock drill. Using state-space description theory and a linear
system method, they deduced the existing range of piston vibrations in one impact period
and analyzed the influence of the design parameters on impact performance. Laforgia
et al. [12] established a detailed parametric simulation model to simulate the physical
phenomena occurring during rock drill operation. The simulated results for pressure and
frequency were consistent with the test. It was concluded that, when the actual input flow
was used to replace its average value, the results of the simulation model did not change.

Research on the modeling and simulation of hydraulic rock drills has generally focused
on the interactions between mechanisms of the hydraulic rock drill, the working process
of the hydraulic impact system, and the influence of the component’s design parameters
on piston motion; however, detailed analyses of stress wave transmission during piston
impact are not typically conducted.

Dutta et al. [13] established a basic equation describing the generation, transmission,
and reflection of stress waves and compiled a calculation program. Using the finite differ-
ence method and the transmission-reflection relationship of stress waves, they calculated
the stress wave generated by the impact hammer and drill rod. Wu [14] established a
stress wave propagation and impact energy transmission analysis model for a hydraulic
rock drill that accounted for the local deformation of the impact end of the piston rod
joint. The results indicated that, when the local deformation was within the normal
range, it had little impact on the energy transmission efficiency of the hydraulic rock drill.
Nygrena et al. [15,16] studied the energy transmission of the incident wave through the
elastic joint of a uniform rod, which maximized the energy transmission efficiency of the
input and output rods under given, continuous incident wave conditions. They obtained
the optimal junction point for different types of incident waves in order to determine
the impedance characteristics and energy transmission efficiency of the optimal joint.
Lundberg et al. [17] established the force—drilling relationship of the non-linear rock break-
ing process, using a three-dimensional elastic—plastic finite element model to simulate
the impact hammer and rock. Under good drilling conditions, the rock’s elastic response
had a significant impact on the drilling efficiency and determined the pattern of drilling
efficiency change. Chiang et al. [18] established a non-linear elastic rock—point interaction
model for a down-the-hole drill. They corrected the calculation model using the error
between the variable parameters obtained using a quasi-static tunneling test method and
model analysis. Analyzing the stress—strain model, Kahraman et al. [19,20] found that
the uniaxial compressive strength of rock properties, the Brazilian tensile strength, the
point load strength, and the Schmidt value were the main parameters affecting the impact
penetration rate. Assuming that driving speed depends on many factors (e.g., rock hard-
ness, in-situ stress, and so on), Zhang et al. [21] analyzed the influence of impact force
and torque on rock-drilling performance accounting for rocks with different properties.
They proposed a drillability index evaluation model and rock classification rules suitable
for the working parameters of the rock drill. Arffman et al. [22] studied the efficiency
of a low-pressure impactor using a numerical simulation method. They investigated the
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effect of turbulence velocity fluctuations on impactor performance by comparing the ratios
between the simulated and experimental impactor efficiencies. Joo Young et al. [23,24]
studied the hydraulic circuit and impact processes of a hydraulic rock drill, as well as
the dynamic effect of rock hardness on impact performance. They found that the energy
utilization rate of the rock drill decreased with an increase in hardness.

Studies on the working processes of hydraulic rock drills usually consider the rock drill
as a whole power output unit, analyzing the stress wave propagation, energy transmission,
and rock-breaking effect during rock drilling. Such research has not considered the effects of
the characteristics of the piston performing the work, nor has it compared the applicability
of multiple pistons with respect to one model. Research on the impact performance of
hydraulic rock drills remains limited, as well as research on improving the energy utilization
of rock drills.

For this study, a test method for the impact machines and tools specified in interna-
tional standards [25,26] was used to determine a suitable piston for drilling, as well as to
improve the impact performance of the hydraulic rock drill. A stress wave test bench was
designed and built in order to test and analyze the transmission characteristics of the stress
spectrum during the impact process of the hydraulic rock drill. Using the control variable
method, the impact energy, impact frequency, and energy utilization rate of rock drills op-
erating in three gears (i.e., low, middle, and high) were analyzed. This was achieved under
the condition that the body size of the hydraulic rock drill had already been determined;
that is, the stroke of the three gears was fixed, and two pistons of different sizes under
working pressures of 18 MPa and 23 MPa were used.

2. Rock-Drilling Process

A hydraulic rock drill is usually composed of an impact system, a shank adapter
rebound absorption system, a rotary system, and a head. When the rock drill is installed on
the trolley in preparation for rock drilling, it also needs to be equipped with an auxiliary
water supply, dust prevention, propulsion systems, and so on [2]. The operational process
of the hydraulic rock drill comprises four functions: propulsion, impact, rotation, and

flushing (see Figure 1).
drill rod drill sleeve shank adapter /mpact
Rotate
‘ — | —— v \‘
— == \. //

drill bit g‘;‘?\[«'/ush impact piston Advance

Figure 1. Working process of a hydraulic rock drill.

During the impact drilling process of a hydraulic rock drill, the hydraulic cylinder
exerts a continuous pushing force on the rock drill: the drill rod bit is always in contact
with the rock wall, ready to transmit the incident energy of the drill rod to the rock at any
time to seamlessly drill the next blast hole. The impact system is the core component of
the hydraulic rock drill. When the hydraulic pump supplies pressured oil to the rock drill,
the pressure energy of the liquid is converted into the impact energy of the impact piston.
The impact energy is then transmitted to the rock through the drill rod in the form of a
stress wave, causing the rock to break. In the slewing function, the hydraulic motor outputs
torque through the transmission gear to cause the drill bit to rotate to a new position after
each impact, peeling off the cracked rock surface while waiting for the next impact. During
drilling, the pressured water from the auxiliary water pump reaches the drill bit through
the cleaning head and is sprayed out, thereby washing the rock debris out of the drill hole;
washing is an essential function to improve drilling efficiency.



Machines 2023, 11, 987

Hydraulic rock drills are often used in harsh construction environments, such as in
mining and tunnelling operations. For this reason, testing and analysis of the impact
process, impact energy, and impact frequency cannot be completed in an on-site manner.

3. Construction of Experimental Platform
3.1. Introduction to the Test Bench

Due to the harsh working environment in which the hydraulic rock drill operates,
the piston is enclosed within the body. Therefore, to measure the displacement and
speed of the piston, some parts must be disassembled and may be damaged. For this
reason, measurements cannot take place in real-time under actual working conditions, and
performance testing can only be carried out under laboratory conditions. According to
the provisions of international standards ISO/TS 17104-2006 and ISO2787-1984 [25,26], the
impact performance of a rock drill should be tested using the stress wave method, which is
a test method used for impact machinery and other products. The so-called ‘stress wave
method’ refers to the method of directly testing the stress in the measuring rod to determine
the impact energy. The advantages of this method include speed, accuracy, and a wide
testing range.

An impact performance test system for a hydraulic rock drill was designed, according
to the abovementioned international standards, by our research institute. The system is
shown in Figure 2. The rock drill, drill rod, and energy absorption device to be tested were
installed on the horizontal bench. Pressure sensors and flow meters were installed on the
oil circuit of the hydraulic rock drill transmission system in order to measure the pressure
and flow of the rock drill during operation. One end of the drill rod was connected to the
shank adapter, while the other end was placed in the energy absorption device. Strain
gauges were pasted on both sides of the drill rod, forming a measuring bridge to detect
the stress wave signal in the drill rod; as such, the drill rod must be of a sufficient length
to accurately capture the incident stress wave. The propulsion hydraulic cylinder was
supplied by an independent hydraulic system. The propulsion cylinder exerts thrust on
the mobile base, such that the shank adapter/drill rod is always in contact with the energy
absorption device.

hydraulic rock drill strain gages  energy absorbing device

F: mobile base

| signal amplitier H wave tracer

drill rod

pressure sensor

\_flow meter
&/ microcomputer

1
i
console | hydraulic pump
1
1
1

tank
Figure 2. Impact performance test system for the rock drill.

The energy absorption device featured a circular tube structure constructed from
45 steel, possessing an elastic modulus of 2.06 x 10'! Pa, a density of 7850 kg/m?3, and
a Poisson’s ratio of u = 0.3. The tail of the energy-absorbing circular tube was equipped
with multiple layers of rubber pads, employing IIR rubber with an elastic modulus of
7.8 x 10° Pa, a density of 920 kg/m?, and a Poisson’s ratio of u = 0.47. One end of the
drill rod was affixed to the rock drill, while the other end was inserted into the energy
absorption device and linked to a series of disc-shaped friction plates. These friction plates
were set at a specific inclination angle, with the spaces between them filled by an asphalt
mixture characterized by an elastic modulus ranging from 1.2 to 1.4 x 10° Pa, a density
of 1250 kg/ m?3, and a Poisson’s ratio of p = 0.35. The structural configuration is shown in
Figure 3.
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Drill rod Friction plates Asphalt mixtures Rubber IIR

Figure 3. Energy absorption device.

For the experiment, we adopted a hydraulic rock drill with a working pressure of
18-25 MPa and working flow of 60-120 L/min developed by the author’s team, as shown in
Figure 4. The gear regulator is a cylindrical and rotatable component found on a hydraulic
rock drill, featuring three grooves of varying lengths. As shown in Figure 5, there were
four oil ports located below the gear regulator. The oil inlet, situated on the right side,
connected to the hydraulic pump, while the remaining three outlets were linked to the
piston chamber of the rock drill. The rotary gear regulator can open different oil passages,
and the positioning of the oil port dictates the stroke of the rock drill piston. Consequently,
the corresponding piston strokes were categorized into three gears: high (52 mm), medium
(56 mm), and low (60 mm).

Figure 4. Hydraulic rock drill.

Gear regulator

Outlet 3 Inlet

Outlet 1~ Outlet 2

Figure 5. Gear regulator.

Once the size of the hydraulic rock drill body had been determined—that is, once the
low, middle, and high gear strokes were fixed—two pistons of different sizes were designed
for this model. As shown in Figure 6, the diameter, material, and production process of the
two pistons were the same. Their stress spectrum, impact energy, impact frequency, and
energy utilization ratio were tested and analyzed, and the change in impact performance of
the hydraulic rock drills when the piston mass and piston driving conditions were changed
was studied.
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Figure 6. Hydraulic rock drill long and short pistons.

3.2. Impact Energy Transfer Process

The performance of drilling operations is influenced not only by the inherent char-
acteristics of the rock drill but also by various factors, such as the properties of the rock
material [27], the diameter of the drilling hole, the flushing of rock debris, the material
properties of the drill, and structural parameters [21,28]. In this study, the drill rod and drill
bit are considered to be an integrated system which is fully engaged in rock chiseling. The
main focus is on the impact of the piston on the performance of the rock drill. Additionally,
an energy absorption device was devised to investigate the impact performance of the
rock drill. When the rock drill piston impacts the drill rod, the mass of the piston can be
expressed as:

E A R mg L

2 RYTOR o
where p is the piston density, Aj, is the piston cross-section, L is the piston length, E is the
elastic modulus, c is the wave velocity, R is the fluctuation inertia ratio of drill rod to piston,
ARg is the drill rod cross-section, and my, is the drill rod fluctuation inertia.

With the cross-sectional area and wave inertia of both the piston and the drill rod
being equal, the stress wave exhibits an infinitely proportional decreasing order with a
wavelength of 2L/c [29]. Consequently, the incident energy of the drill rod is:

Mp = pAhL =

Ei = %fozuc(fl%dt: %}I%Vlg% )
ey 13- 20—

This suggests that the incident energy equals the piston impact energy, resulting in
the full energy being incident upon the drill rod.

Once the stress wave traverses through the energy absorption device, a significant
portion of the energy is converted into frictional losses, with a smaller portion being
reflected as energy. In accordance with international standards, an energy absorption
exceeding 90% signifies the rationality and feasibility of the energy absorption device [25,
26]. The combination of friction plates and the asphalt mixture within the energy absorption
device creates a series of lower friction coefficient points (f1, f> .. .fn), which collectively
fulfills the energy absorption requirements.

The energy absorption device takes the form of a multi-point series combination
based on the principles of impact dynamics [30]. To further ascertain the optimal distribu-
tion of f across multiple friction points, we assume the transmission energy coefficient

Tgu= K(const), then f =1 — X/K, Rg, = 1(1 - \/K)2 As the number of points increases,
it becomes evident that the total reflected energy coefficient (Rg,) rapidly diminishes.
This phenomenon elucidates why the energy absorption device adopts an elongated tube
structure, featuring multiple internal friction points arranged in series.

The conservation of energy can be expressed as, Tr + Rg + Fr = 1, where Tf is
the transmission energy coefficient, R is the reflection energy coefficient, and Ff is the
friction energy coefficient. When the values are set to K = 0.01, n = 10, f1p = 0.205, and
R, =0.081, the total reflected energy falls below 10% of the total energy, thereby complying
with international standards [26]. Consequently, the energy absorption device is suitable for
assessing the impact performance of rock drills. It is important to note that the total energy
mentioned here refers to the incident energy, representing the impact energy imparted by
the piston.
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3.3. Experimental Calibration

As the signal data in a test system can be affected by many factors, in order to ensure
the accuracy of the test results it was first necessary to calibrate the equipment. The
calibration work was carried out on a vertical test bench; in particular, the free-falling
weight calibration method specified in the international standard [25] was used to calibrate
the impact stress and impact energy of the test system, as shown in Figure 7. In the
calibration system, the calibration tube was a seamless steel pipe which guided the falling
of the drop hammer, where the areas of the end face of the drop hammer and the end
face of the measuring rod were equal. A hammer-hanging mechanism was set on the
calibration pipe rack, the drop hammer was lifted to a height of 2 m, and the equipment
was then calibrated.

Drop hammer

Strain ‘gages

G (MPa)
Stress Energy =
coefficient | coefficient | Reflectance
Il 0. 6007 153. 4622 0. 0246
7 0.5079  153.6989 | 0.0211
& 0. 5979 151. 6796 0. 0230
4 0. 6007 153. 9103 0.0213
kL 0. 5979 153. 6099 0.0195
Mean value|  0.5350 153. 2722 0.0219 /

Standard deviation 0. 0015 0. 9050 0. 0020 / 3 M

. Calibration stress wave | Energy absorbing device

Figure 7. Calibration of rock drill test system.

At the start of calibration, the drop hammer was released, causing the drop hammer
to fall freely along the wall of the calibration pipe and hit the drill rod, thus enabling
calculation of the maximum stress produced by the measuring rod, omax:

E E
Omax = (PEVP = q)és/Zgh 3)

where E is the elastic modulus of the drill rod, C is the wave velocity, g is the acceleration
due to gravity, & is the height of the falling hammer, and ¢ is the stress coefficient.

Indeed, the stress wave signal is of an analog nature, whereby analog signals exhibit
continuous changes in both time and amplitude; whereas digital signals manifest as discrete
entities in both time and amplitude. To convert analog signals into digital ones, the process
of amplitude quantization is indispensable. Quantization is an integral component of the
analog-to-digital (A /D) conversion process.
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From the quantized value nmax of the wave peak point in the stress sampling, the
stress calibration coefficient can be obtained as follows:

0;
By = 2% 4)
Mmax
According to the calibration coefficient, the maximum stress of the drill rod is
Tmax = Bs Mimax.
The impact energy of the drop hammer can be determined by integrating the quantized
value of each sampling point of the stress wave, as follows:

E, = %. o2dt :%Bgznzmz CsS (5)
where A is the area of the drill-rod end face, n is the quantized value of each sampling
point in the stress wave, Cg = %Bsz is the calibration coefficient of the impact energy, and
S = Y_n?At is the integral of the square of the quantized value in the stress wave.

Simultaneously, the same calibration method was used to calibrate the energy. From
mgh = %B%S, the stress calibration coefficient is

| mghxE
Pe=\Axcxs ©
The calibration coefficient of energy can be obtained, by further derivation, as

h
Cp = "5 %

Thus, the impact energy of the drop hammer can be determined as
Ep=Cg-S 8)

Under the same conditions, the results obtained by the two calibration methods
detailed above were consistent. The stress wave curve obtained through calibration is
shown in Figure 8. We determined the characteristic indices of the instrument and the
measuring system, and eliminated system error as much as possible, thereby improving the
accuracy of the measurement. The calibrated energy absorption device and measuring rod
were lifted out of the calibration bench and installed on the horizontal bench. The impact
performance of the hydraulic rock drill was then tested, and the stress, impact energy, and
impact frequency of the drill rod were measured.

5210-

= 180 - n

@

6 150

B 120 4
90 -

60 -

g A — "
\v

—30 4

—B60 -
—90 4

0.00 0.02 0.04 0.06 0.08 0.10
Time (s)

Figure 8. Calibrated stress wave curve.
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4. Data Collection
4.1. Stress Spectrum

During the hydraulic rock drill test, one end of the drill rod abutted the head of the
hydraulic rock drill, while the other end was placed in the tubular energy absorption device.
As such, the drill rod could not accurately obtain the incident stress spectrum of the piston,
as shown in Figure 9. When the high-speed rock drill piston impacts the shank adapter,
the impact energy of the piston is transmitted to the drill rod by the shank adapter and
the extension sleeve through the impact, in the form of a stress wave. The stress wave
generated in the drill rod causes the resistance of the resistance strain gauge to change. The
consequent electrical signal is then amplified and sent to the waveform recorder to record
the impact waveform data.
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Figure 9. Test bench for hydraulic rock drill.

In Figure 10, the propagation process for a group of stress waveforms in the drill rod
is depicted. Figure 10a shows the stress spectrum in the drill rod when the long piston is in
the low gear under 18 MPa. The average impact frequency of the piston was 47.6 Hz and
the average incident maximum stress was 216.4 ]. As shown in Figure 10b, when the stress
wave of the drill rod was transmitted to the energy absorption device—that is, when it was
actually chiseled into the rock—the stress immediately and suddenly decreased. Each string
of stress waves presented one or two reflections in the high-amplitude region, forming a
low-amplitude region that attenuates exponentially. The high-amplitude stress determines
the rock-breaking ability. As shown in Figure 10c, the incident stress gradually increased
to the point where the attenuation was close to zero. The front part of the waveform had
a limited period in which it increased, resulting in a certain slope, while the fall of the
waveform also took a certain amount of time. The most desirable effect of percussive
drilling is that as much energy is concentrated in the high-amplitude area as possible to
break the rock, while less energy is required in the low-amplitude area. Each time the
piston impacts the drill rod, the first incident stress waveform in the stress spectrum is the
most important stress element in the rock-drilling process, and the single-impact energy
can be obtained by integrating over this period of time. Therefore, the magnitude and
duration of the incident stress peak determine the magnitude of the single-impact energy.
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Figure 10. Stress wave of drill rod under 18 MPa long piston, low gear. (a) Impact stress spectrum;
(b) transmitted stress wave; and (c) incident stress wave.

4.2. Impact Results

The impact energy and impact frequency are key impact performance indicators of
a hydraulic rock drill. For the hydraulic rock drill shown in Figure 4, two pistons with
different characteristics (i.e., one long and the other short) were designed, as shown in
Figure 6. The stress waves, impact energy, and impact frequencies of the hydraulic rock
drill at three strokes—namely, high (52 mm), middle (56 mm), and low (60 mm) gear—were
measured under the working pressures of 18 MPa and 23 MPa. Each sampled data point
intercepted 25 consecutive impact cycles.

The output stress, impact energy, and impact frequency for the long piston under
working pressures of 18 MPa and 23 MPa are shown in Figures 11-16.

The output stress, impact energy, and impact frequencies of the short piston under the
working pressures of 18 MPa and 23 MPa were also measured, as shown in Figures 17-22.
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Figure 11. Long piston, high gear, 18 MPa.

10



Machines 2023, 11, 987

—a— Stress (MPa) —e— Energy (J) —&— Frequency (Hz)
L oy 360 - 65
7 O S S SVE SWETREY SV NS e - 3
: ; : o &
242 4 i k316 2160
=3
e S T 272 155
196 228 50
173 4 Ligse 45
150 . ; . ; . ; . , . , Liao L4ao
0 5 10 Cyele 15 20 25
Figure 12. Long piston, high gear, 23 MPa.
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Figure 13. Long piston, middle gear, 18 MPa.
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Figure 14. Long piston, middle gear, 23 MPa.
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Figure 15. Long piston, low gear, 18 MPa.
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Figure 16. Long piston, low gear, 23 MPa.
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Figure 17. Short piston, low gear, 18 MPa.
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Figure 18. Short piston, low gear, 23 MPa.
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Figure 19. Short piston, middle gear, 18 MPa.
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Figure 20. Short piston, middle gear, 23 MPa.
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Figure 21. Short piston, high gear, 18 MPa.
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Figure 22. Short piston, high gear, 23 MPa.

Comparing the measurement results for the different rock drills in Figures 11-16
and Figures 17-22, for the same piston in the same gear, when the working pressure of
the hydraulic rock drill increased, the impact energy and impact frequency of the piston
also increased. In the same gear and at the same working pressure, the impact frequency
decreased when the piston mass increased; however, the impact energy increased gradually
and then decreased. In order to facilitate analysis of the main factors affecting the impact
performance of the hydraulic rock drill, this performance was further analyzed according
to the change in piston mass and driving conditions.

5. Impact Performance Analysis
5.1. Impact Performance When Piston Mass Changes

As shown in Figure 23, for the long piston at 23 MPa and in the low gear, the impact
energy was maintained at a high level (with an average of 346.11 ] and a maximum of
358.95]). At 18 MPa and in the high gear, the impact energy was maintained at a low level
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(at an average value of 177.98 ] and a minimum value of 143.22 J). In particular, the output
impact energy fluctuated greatly. The impact frequency is shown in Figure 24. At 23 MPa
and in the high gear, the impact frequency was maintained at a high state (with an average
of 61.99 Hz and a maximum of 62.30 Hz). At 18 MPa and in the low gear, the impact
frequency was maintained at a low state (at an average value of 47.56 Hz and a minimum

value of 46.95 Hz).
©
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Figure 23. Impact energy of long piston.

D
3
1

—=— Low gear,18Mpa
—&— Low gear,23Mpa
—A— Middle gear,18Mpa
—v— Middle gear,23Mpa
—&— High gear,18Mpa
—4—High gear,23Mpa

Frequency (Hz)
(2]
o

[
3l
1

53
o

'S
[
1

S
o

Figure 24. Impact frequency of long piston.

For the short piston, as shown in Figure 25, at 23 MPa and in the low gear, the impact
energy was maintained at a high level (with an average of 334.97 ] and a maximum of
351.19]). At 18 MPa and in the high gear, the impact energy remained at a low state (at
an average value of 176.38 ] and a minimum value of 160.01 J). Again, the output impact
energy fluctuated greatly. The impact frequency is shown in Figure 26. At 23 MPa and in
the high gear, the impact frequency was maintained at a high state (with an average of
58.86 Hz and a maximum of 59.85 Hz). At 18 MPa and in the low gear, the impact frequency
was maintained at a low state (at an average value of 41.39 Hz and a minimum value of
40.35 Hz).

| [~=—Tow gear,18Mpa
—e— Low gear,23Mpa
| |—A—Middle gear,18Mpa
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Figure 25. Impact energy of short piston.
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Figure 26. Impact frequency of short piston.

Therefore, in terms of impact frequency, that of the long piston was higher than that
of the short piston when in the same gear. With an increase in piston mass, the reduction
in piston stroke is greater than the reduction in acceleration [10,11], such that the time
required for one piston cycle becomes smaller and the impact frequency increases. The
impact energy of both pistons in the low gear was greater than that in the high gear; this
is because the piston stroke in the low gear is long and the impact speed is high, which
causes the impact energy to be high.

Comparing the two pistons of different mass, the impact energy of the long piston in
the low gear was greater than that of the short piston in the low gear. This is due to the
higher mass of the long piston, as piston mass was the main influencing factor. However,
the impact energy of the short piston was greater than that of the long piston when in the
high gear, as the piston speed was the main influencing factor in this case. Once the design
parameters of the rock drill were fixed, the driving condition of the piston—namely, the
working pressure—determined the impact speed.

5.2. Impact Performance When Working Pressure Changes

Figure 27 shows the impact energy in the three gears for both the long and short
pistons when the working pressure was 18 MPa. When the long piston was in the low
gear, the impact energy always remained high (with an average value of 289.14 ] and a
maximum value of 300.13 J). When the short piston was in the high gear, the impact energy
remained low (at an average value of 176.38 J), while the minimum value occurred when
the long piston was in the high gear (with a minimum value of 143.22 J). The output impact
energy fluctuated greatly. The impact frequency is shown in Figure 28: when the long
piston was in the high gear, the impact frequency was maintained at a high state (with an
average of 56.55 Hz and a maximum of 57.09 Hz). When the short piston was in the low
gear, the impact frequency was maintained at a low state (at an average value of 41.39 Hz
and a minimum value of 40.35 Hz).
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—®— Long piston,Middle gear|
—A— Long piston,High gear

—W¥— Short piston,Low gear

—4&— Short piston, Middle gea
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Figure 27. Impact energy at 18 MPa.
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Figure 28. Impact frequency at 18 MPa.

Figure 29 shows the impact energy in the three gears, for both the long and short
pistons, when the working pressure was 23 MPa. When the long piston was in the low gear,
the impact energy always remained high (with an average of 346.11 ] and a maximum value
of 358.95 ]). When the long piston was in the high gear, the impact energy remained at a low
state (at an average value of 209.94 ] and a minimum value of 196.83 J). Overall, the output
impact energy presented a certain fluctuation. The impact frequency is shown in Figure 30.
When the long piston was in the high gear, the impact frequency was maintained at a high
state (with an average of 61.99 Hz and a maximum of 62.3 Hz). When the short piston was
in the low gear, the impact frequency was maintained at a low state (at an average value of
48.21 Hz and a minimum value of 47.91 Hz).
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Figure 29. Impact energy at 23 MPa.
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Figure 30. Impact frequency at 23 MPa.

Therefore, considering impact frequency and impact energy, when both pistons work
in any gear, the impact frequency and impact energy at a working pressure of 23 MPa were
greater than those at 18 MPa. As such, increasing the working pressure can improve the
impact frequency and impact energy of a rock drill.
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Comparing the working pressures of 18 MPa and 23 MPa, when the working pressure
was 18 MPa, the impact energy of the long piston in the low and middle gears was greater
than that of the short piston. In this case, the piston mass was the main factor affecting the
impact energy. When the working pressure was 23 MPa, the impact energy of the short
piston was greater than that of the long piston. In this case, the main factor affecting the
impact energy was the working pressure of the driving piston. Therefore, when the working
pressure of the liquid medium in the hydraulic rock drill is adjustable, it is advisable to
select a piston with a smaller mass and a higher working pressure. The hydraulic rock drill
can then achieve a high impact energy and frequency.

5.3. Energy Utilization Rate

Analysis of the energy utilization rate is of great significance for the development of
rock drills with good impact performance. The energy utilization rate of the hydraulic
rock drill was obtained by combining the impact energy and impact frequency results for
the drill. The impact power and energy utilization rates of the hydraulic rock drill are
calculated as follows [31-33]:

P =10"3-E-f )
1(%) = 2(;2 % 100 (10)

where P; is the impact power, E is the impact energy, f is the impact frequency, Ap is the
difference between the inlet and outlet oil pressures, and Q is the inlet oil flow. Table 1
provides a comparison of the obtained results.

Table 1. Comparison of results.

. Pressure Flow Average Average Average Power Efficiency
Piston Gear (MPa) (L/min) Stress Impact Energy  Frequency (Kw) (%)
(MPa) ()] (Hz)

18 87.4 216.7 289.1 47.6 13.76 51.62

low 23 92.0 239.1 334.9 51.2 17.72 50.25

Long , 18 74.4 1985 241.0 52.6 12.68 53.82

piston ~ middle 23 80.1 216.4 286.4 57.2 1638 53.35

high 18 66.2 172.1 178.0 56.6 9.90 49.85

23 70.8 188.1 209.9 62.0 13.01 47.94

18 67.5 218.8 273.1 414 11.31 55.85

low 23 78.6 243.9 346.1 482 16.15 53.60

Short , 18 64.6 199.7 226.0 48.0 10.85 55.99

piston ~ middle 23 73.6 229.4 302.4 53.1 16.06 56.92

high 18 55.7 177.9 176.4 53.4 9.44 56.49

23 61.6 201.2 223.4 58.9 13.16 55.73

Table 1 displays the energy utilization rates for the long and short pistons for the
considered hydraulic rock drill at different working pressures. Different travel gears were
analyzed, and it can be seen that the energy utilization rates in the short piston tests were
above 53%, with the maximum value being 56.92%. According to the comparative literature,
the hydraulic rock drill designed by Joo Young [23,24], with high pressure (210 bar) and
large flow (120 L/min) parameters, obtained a sufficient drilling efficiency and impact
force. Nygrena [15,16] concluded that the ideal energy utilization efficiency is close to 60%
under very good drilling conditions, but could fall to less than 40% under poor drilling
conditions. Our model rock drill, therefore, provides good impact performance. Although
the impact power of the long piston was greater than that of the short piston, the energy
utilization rate of the short piston was higher than that of the long piston. Therefore, when
developing a hydraulic rock drill, a smaller-sized piston should be selected for a higher
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working pressure. Our hydraulic rock drill obtained good results, in terms of impact energy,
impact frequency, and energy utilization rate.

6. Conclusions

The stress wave test bench detailed in this paper can effectively test the impact process
of a hydraulic rock drill. Our measurements showed that the stress wave is periodically
incident in the drill rod and decays exponentially until it is close to zero; moreover, the
amplitude of the incident stress wave determines the rock-breaking ability of the drill. In
order to improve the impact performance of hydraulic rock drills, the impact energy, impact
frequency, and energy utilization rates of two different pistons in the hydraulic rock drill at
working pressures of 18 MPa and 23 MPa were analyzed using a control variable method.
It was concluded that the piston characteristics and driving conditions are the main factors
affecting the impact performance. In order to obtain a desirable impact performance, once
the body size of the hydraulic rock drill has been determined and cannot be changed, it
is advisable to develop a smaller-sized piston—taking into consideration the appropriate
working pressure and gear for drilling—which will allow the final hydraulic rock drill to
provide an optimal impact performance.
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Abstract: The deformation of press bolster plates under load can significantly impact the quality
of manufactured workpieces. Consequently, press manufacturers are usually obliged to provide
the metric proof of the permissible deformation values during the press commissioning process.
Unfortunately, the existing measurement methods for determining bolster plate deformations present
flaws in the measurement accuracy, the application flexibility, the metrological effort, and other
aspects. These issues have been addressed through the development of a new measurement method
using multiple inclination profiles on the surface of the measured object. Based on the difference in the
inclination between the unloaded and loaded states, the method approximates the inclination surface
and calculates the deformation of the measured object through integration. The measurement method
was first used for commissioning tests of forming presses. A comparison with the results obtained
with a measurement frame equipped with high-resolution measurement probes demonstrates an
accuracy of the new method of less than 20 um.

Keywords: deformation measurement; local inclination; machine tool; press commissioning; press
clamping plates

1. Introduction

The experimental characterization of machine tools plays an increasingly important
role in quality assurance, process design, and predictive maintenance. This article focuses
on the experimental determination of static deformations in machine tools using the ex-
ample of forming presses. A novel measurement method is presented for determining
deformations and deflections in machine tool assemblies based on locally measured incli-
nation signals. In this paper, it is initially demonstrated that this method achieves a similar
or even higher measurement accuracy compared to previous methods, with the potential
for increased application flexibility, reduced metrological effort, and other positive effects.

In the case of deformation measurements, particularly in forming presses, the deter-
mination of bolster plate deformations under load is usually of primary interest. Figure 1
depicts a schematic representation of a press working area and a loading device consisting
of multiple load cylinders. In Figure 1a, the press is shown in an unloaded state. Figure 1b
illustrates the ram in the bottom dead center (BDC), with both the bolster plate and the
ram plate subjected to a loading force applied by the load cylinders. Both plates deform
due to this loading force.
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Figure 1. Press workspace with load device: (a) press workspace without load and press ram in
upper position; and (b) press under load with ram in bottom dead center (BDC) and deformed
bolster plates.

One simple measurement method to capture these deformations involves placing
displacement sensors (e.g., dial gauges) on freestanding measurement stands within the
press working space, as described in [1,2]—see Figure 2a. However, this approach has
several disadvantages. Firstly, it only allows for the measurement of overall deformations
of the table and ram bolster plates without the ability to assign deformation values to one
of the two bolster plates. Secondly, the method introduces measurement errors caused by
the inclination of the freestanding sensors due to the deflection of the table and the ram
bolster plates, resulting in angular errors.

These problems have been addressed by using measuring frames [3-7] or measur-
ing bars [8-10] equipped with displacement sensors. However, the measurement frames
(Figure 2b) and bars (Figure 2c) have disadvantages such as low flexibility, a high setup
effort, and their mounting points do not align with the corners of the press table in most
cases, even in modular systems. As a result, the setups experience displacement in the
z direction due to a bolster plate deformation, which distorts the measurement. Tehel
addresses the issue of support point displacement during bolster plate deformations by em-
ploying an additional laser tracker measurement at the support locations of a measurement
bar [8]—see Figure 2e. The method appears labor-intensive since the laser tracker can only
measure the displacement of a single target at a time. The accuracy may be compromised
due to a lack of synchronization between the measurement techniques (i.e., the measuring
bars and laser tracker). Moreover, support structures like measurement frames and bars
have a tendency toward oscillation during the dynamic load introduction, making reliable
and accurate data analysis challenging—see, for example, the measurement results in [4,11].

Struck also uses measuring bars, which are mounted in the T-slots of the bolster plate
and which use eddy current sensors to measure the change in distance of the measuring
bar from the T-slot base at various points in the T-slots [6]. Struck also performs a second
measurement to determine the self-displacement of the measuring bars as the table deforms.
To do this, he uses additional measuring bars at 90° to the T-slots, located in the corners of
the bolster plate (Figure 2d). Based on this arrangement, the displacements of the T-slot
bars are measured at their outer edges using precision probes. This method seems labor-
intensive to implement. The self-displacement of the additional measurement bars cannot
be securely ruled out, as their support points may not necessarily be in the table corners
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when the table dimensions vary. Another disadvantage is the considerable effort required
for the material-specific calibration of each eddy current sensor to the corresponding
measurement object (i.e., the bolster plate).

(d)

1. Ram plate; 2. bolster plate; 3. displacement sensor; 4. measuring bar; 5. measuring frame; 6. laser tracker; 7. target; 8. compression
specimen; 9. stereo camera; 10. marker; 11. strain gauge; 12. T-slot sensor; 13. T-slot measuring bar; 14. laser; 15. PSD sensor; 16.
measuring bar with optical fiber Bragg sensor; 17. clamping element.

Figure 2. State of the art measuring methods for detecting clamping plate deformation in presses
(red arrows represent load force). (a) Freestanding sensors; (b) measuring frame with displacement
sensors; (¢) measuring bar with displacement sensors; (d) T-slot measuring bar with eddy current
sensors and additional measuring bar; (e) measuring bar with displacement sensors and additional
laser tracker measurement; (f) laser tracker with targets; (g) laser—PSD combination; (h) stereo
camera with markers; (i) strain gauges on clamping plate; (j) measuring bar with strain gauges or
optic fiber sensor; (k) T-slot sensors; (1) compression specimens.

Optical measurement methods with external references, based on laser trackers [12-15]
(Figure 2f), laser-PSD combinations [16] (Figure 2g), or stereo camera systems [9,11,17-24]
(Figure 2h), have also been used for the determination of bolster plate deformations.

Laser trackers capture the movements of measurement targets mounted on the press
clamping plate. By design, these systems only capture the motion of a single target
per measurement. In deformation measurements with many targets, a larger number
of individual measurements must be conducted, requiring a separate ram stroke with
the machine for each. Laser PSD (Position Sensitive Detector) applications also rely on
a laser positioned in front of the machine, but the displacement measurement of the
individual measurement points is carried out by PSD sensors positioned inside the machine
(alternatively, CCD sensors or similar can be used). Again, multiple unsynchronized
individual measurements must be performed in this case as well.
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For the evaluation of stereo camera recordings, various methods are employed, includ-
ing stereoscopy [11,18,19,22-24] and the Digital Image Correlation (DIC) method [9,20,21].
The DIC method is becoming an increasingly important measurement method for deformation
measurements. A comprehensive overview of DIC methods for capturing surface deforma-
tions up to 2018 is provided in [25]. Some recent contributions can be found in [23-31]. Due
to the restricted visibility of the press working area, identifying the deformation measure-
ment directly on the clamping plates” surface is not feasible. Therefore, reflective markers
must be used in both methods, distributed across the clamping plate. The displacement
measurement of the markers, unlike with the laser tracker and laser PSD applications,
is synchronized for all markers. However, Pilthammar indicates that, for a sufficiently
accurate image evaluation using the DIC method, several individual measurements have
to be performed, with each measurement capturing the deformation of a quarter of the
clamping plate [9]. A resolution of the deformation measurement of only 0.1 mm was
achieved. Miiller utilized classical stereoscopy for image evaluation and reported similarly
low resolutions for the deformation measurement using a single stereo camera system
(0.2 mm) [18]. Further improvement in accuracy was achieved through the use of two
synchronized stereo cameras. Salfeld specifies a measurement accuracy of 25 um for this
setup [32]. However, these approaches have the disadvantages of a high setup effort and
high acquisition costs, with the base version of a suitable stereo camera system costing
around EUR 70,000 and a suitable laser tracker costing at least EUR 100,000. Overall, optical
measurement methods with external references are not optimal for determining bolster
plate deformations on forming presses.

Another optical measurement method is based on optical fiber sensors integrated
into specially designed measurement beams [9,33]—see Figure 2j. The beams are securely
connected to the clamping plate through specially designed clamping elements, allowing
them to follow its deformation under load. While Pilthammar provides good correlation
coefficients for a comparison with the stereo camera measurements (based on the DIC
method) in his latest publication, the resolution of the DIC approach is only stated as
0.1 mm. Therefore, the measurement accuracy of the new method is not yet precisely
known and must be assumed to be 0.1 mm.

Another indirect measurement method is based on strain measurements and the cal-
culation of deformations using an analytical deformation model. The strain measurements
can be performed either directly on the measurement object (Figure 2i) [18] or on a mea-
surement beam firmly connected to the clamping plate [9]—see Figure 2j. The method
only provides coarse measurement results in the range of 0.15 mm [9]. Furthermore, it is
unclear how the decision is made regarding which polynomial degree is assigned to the
underlying polynomial model to represent the real deformation. From conversations with
press manufacturers, another basic method is known, which involves placing compression
specimens within the working area (Figure 21). Upon plastic deformation of the specimens
by the machine, they are individually measured, and the height changes are used to cal-
culate the overall deformation. Disadvantages include the limitation of only measuring
overall deformations, a high inaccuracy due to the elastic springback of the compression
specimens and their support structure, and a significant time expenditure.

Other approaches for the in-process measurement of bolster plate deformations are
based on strain gauge- and piezo-based sensors for the measurement of width changes of
T-slots under load [12,34,35] (Figure 2k), as well as novel clamping systems for forming
tools [36,37] where the deformation of the clamping devices themselves is used to infer
the bolster plate deformation. However, the calculation of absolute deformation values
from the measurement data of both systems can currently only be achieved through prior
calibration measurements using established measurement methods.

The main disadvantages of previous measurement methods for capturing clamping
plate deformations in forming presses can be summarized as follows:

e  Accuracy: low resolution/coarse results;
e  Flexibility: inflexibility for varying machine dimensions;
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Effectivity: only overall deformations; limited visibility of the clamping plate;
Effort: time-consuming setup, many measurements, and calibration measurement;
Costs: expensive equipment; execution only by highly qualified staff.

Figure 3 shows an evaluation of the previously used measurement methods based
on the criteria mentioned above. The evaluation is based on our own professional judg-
ment and is to be understood qualitatively. It becomes evident that existing measurement
methods are not suitable in all aspects for the specific requirements in capturing clamping
plate deformations in forming presses. This article addresses these limitations by introduc-
ing a new measurement approach based on local inclination measurements. As Figure 3
illustrates, the authors succeed in improving the experimental measurement of clamping
plate deformations in all aspects. In comparison to previous measurement techniques,
the new measurement method combines high accuracy with high efficiency in capturing
separate deformations on the bolster and ram plate, as well as maximum flexibility for
various workspace dimensions. The method offers straightforward handling, and the
required metrological equipment is comparatively affordable. Potential users include press
manufacturers, forming tool manufacturers, and press operators.

Accuracy

Effectivity

free standing sensors
measuring frame
measuring bar

T-slot measuring bar
measuring bar + Laser tracker
Laser tracker
Laser-PSD

Stereo camera

strain gauge

optic fiber sensors
T-slot sensor
compression specimens

EEEEREEDRREE

new method

Figure 3. Evaluation of previous measurement methods for capturing clamping plate deformations.
Rating legend: 1—insufficient, 2—sufficient, 3—satisfactory, 4—good, 5—very good.

Most existing contributions on inclination-based deformation measurements primar-
ily deal with the analysis and monitoring of structures such as buildings or geotechni-
cal systems and do not specifically address the experimental analysis of machine tools.
Furthermore, none of the previous studies anticipate the results presented here from a
methodological perspective. Some representative contributions can be found in [38-42].

2. Development and Testing of an Inclination-Based Deformation Measuring Method

The following work is organized in two parts: a theoretical investigation followed by
an experimental validation. Initially, a method to determine two-dimensional deformations
on a 2D bending beam is considered, examining the effects of the measurement point
number and positioning. Subsequently, the method was expanded to measure three-
dimensional deformations and to conduct theoretical functional testing. To experimentally
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validate the three-dimensional measurement method, measurements are first performed
on a test object in a laboratory setting. Subsequently, comparative measurements are
conducted using a measurement framework and precision probes to authenticate the
results. In the second stage of validation, the deformation of the bolster plate is recorded
on an industrial machine during press commissioning at a press manufacturer. Again,
comparative measurements are conducted using a measurement frame equipped with
several precision probes.

2.1. Development and Theoretical Testing
2.1.1. Approach for Two-Dimensional Measurements

This measurement method is based on inclination sensors arranged on a measurement
object—see Figure 4. The approach uses two inclination values at each x position of
the measurement object, in both its unloaded (1) and loaded state (2)—see Equation (1).
The difference in inclination between the unloaded state ;0,4 (x) and the loaded state
®1oq4(x) of the measurement object is then calculated to a(x) and plotted against x (3). A
Matlab® internal spline fitting function is then used to approximate the overall trend of the
inclination differences (4).

‘X(x) = D‘unload(x) - “load(x) 1)
2(6) = [ @appron(x) dx @

Finally, the numerical integration of the approximation function a 4,y (x) along the
length of the measurement object results in the deformation curve of the measurement
object under load z(x) (5)—see Equation (2).

inclination sensor
- T - -
X
(1) bending beam VA 1

)
inclination &X o |
[ ]
®) o .
[ )
[ ]
inclination &
(4) .
._—/.f
~ deflection Z
6 _—

Figure 4. Approach for two-dimensional inclination-based deformation measurement: (1) un-
loaded object; (2) fully loaded object; (3) inclination differences between unloaded and loaded states;
(4) approximation of inclination values; (5) numerical integration of inclination approximation.
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2.1.2. Theoretical Analysis of the Example of a Two-Dimensional Bending Beam

The measurement method was first subjected to a basic theoretical functional test on
the 2D bending beam. The aim of this first investigation was, on the one hand, to provide a
simple theoretical proof of function for the inclination-based measurement method. On
the other hand, the sensitivity of the measurement result to the number of measurement
points and the positioning of the measurement points should be fundamentally analyzed.
Figure 5 shows the boundary conditions used in this analysis.

(@) (b)

Figure 5. Parameters and boundary conditions on the 2D bending beam for different support

conditions (a and b represent the distances from the bearing points to the point of force application)
(a) both sides with loose bearings; and (b) both sides with fixed clamping.

Two bending curve approaches were considered: a bending curve with support on
both sides with loose bearings (beam (a), Equations (3) and (4)), and a bending curve with
support on both sides with fixed clamping (beam (b), Equations (5) and (6)). z11(x) and
291 (x) represent the deformations of the bending beams from their left end to the position
of the applied load force, while z15(x) and z;(x) represent the deformations from the load
position to the right end of the beam.

Here, [ is the length of the bending beam, a is the distance of the applied load force
from the left end of the beam, and b is the difference between the beam length / and the

distance a. b l
zu(x):a-<lz~x—b2.x—x3),—§§x<0 (3)
zlz(x):6b.l~<£-(x—a)3+(lz—b2)~x—x3>,0§x§é 4)
z01(x) = biz(?rw(a +b) — x-(3~u+b))~x2,—£ <x<0 ()
6-(a+b)® 2=
2
zoo(x) = 6'(61‘15)3(“.(” +b)—x-(B3b+a))(a+b—x)? 0<x< é (6)

The results of the theoretical preliminary investigations in the 2D space are shown in
Figures 5 and 6. Starting from the theoretical Equations (1)—(4), the bending curve profiles
were first calculated for both support situations. The accuracy of the measurement methods
presented is theoretically independent of the length and the maximum deflection of the
bending beam. Therefore, the values for load force F, elasticity modulus E, and moment
of inertia Iy were set to 1, and the bending curve profiles were normalized for this initial
qualitative investigation. The derivation of the equations yields the inclination curves over
the bending curve length—see Equation (7).

wij(x) = —-2ij(%) 7)
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Figure 6. Results of theoretical investigations on the 2D bending beam under central loading:
(a) evenly distributed measurement positions—beam a; (b) evenly distributed measurement
positions—beam b; (c) manually optimized measurement positions—beam a; (d) manually op-
timized measurement positions—beam b; (e) increased number of measurement points—beam a;
(f) increased number of measurement points—beam b; (g) relative error curves—beam a; and
(h) relative error curves—beam b.

Now, the task was to reconstruct the original bending curve out of just a few local
inclination values at different x positions. The theoretical inclination measurements can be
calculated from the derivative equations at predefined x values (the theoretical measure-
ment positions)—see Figure 6. Then the inclination curves were approximated from these
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local inclination values and their associated positions using a MATLAB® internal spline
interpolation function. Finally, the calculation of the bending line curve was achieved
through a numerical integration of the resulting inclination approximation. The legends in
Figures 6a and 7a are to be applied to Figures 6b—f and 7b—f, and they represent the steps
from Figure 4.
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Figure 7. Results of theoretical investigations on the 2D bending beam with 90% off-centric load-
ing: (a) evenly distributed measurement positions—beam a; (b) evenly distributed measurement
positions—beam b; (¢) manually optimized measurement positions—beam a; (d) manually optimized
measurement positions—beam b; (e) increased number of measurement points—beam a; (f) increased
number of measurement points—beam b; (g) relative error curves—beam a; and (h) relative error

curves—beam b.
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It turns out that for a simple 2D bending line with both sides loosely supported, the
original deformation profile of the bending beam can already be reconstructed based on
just four inclination values evenly distributed over the length of the beam—see Figure 6a.
The maximum error is already below 3% with only four theoretical measurement points
in relation to the maximum deformation—see Figure 6g. For the slightly more complex
deformation profile of the beam with both sides firmly clamped, significantly larger errors
arise with such a small number of measurement points—see Figure 6b,h. However, a
simple manual optimization of the theoretical measurement positions already shows a
significant improvement of the theoretical measurement result—see Figure 6d,h.

The manual optimization involved a systematic trial of various theoretical measure-
ment positions. Alternatively, the number of measurement points can be increased to
enhance the measurement accuracy—see Figure 6e-h. Figure 7 shows, following the
same approach as described above, the results of an investigation of an off-centric load
application on the 2D bending beam.

Here too, a manual optimization of the theoretical measurement positions leads to
a significant improvement in the theoretical measurement results, compared to an even
distribution of the measurement points—Figure 7c,d,g,h. With loose support on both sides
(beam a), an increase in accuracy can be achieved by optimizing the measuring points,
even by reducing the number of measuring points from four to three. A bending beam
with loose support on both sides can be represented with a measurement error of less
than 5% using three theoretical inclination measurements. For a bending beam with fixed
support on both sides, a measurement error of about 10% is obtained with five manually
optimized measurement positions. The theoretical measurement error generally decreases
with an increasing number of measurement points—Figure 7e-h. For the even distribution
of measurement points, Equation (8) was applied. Here, [ represents the length of the
bending beam, 7 is the number of measurement points, and xpos (i) denotes the calculated
theoretical measurement positions.

. l . I .
XPOS(Z):W'(Z—l)—E, 1§l§n (8)
The investigation shows the theoretical functionality of determining deformations
based on local inclinations and reveals the dependence of the measurement result on the
number and positioning of individual measurement points. This will be further examined
later in this work.

2.1.3. Approach for Three-Dimensional Measurements

The basic approach described above needs to be extended from a two-dimensional
deformation measurement to a 3D space, which is the basis for deformation measurements
of clamping plates of machine tools.

Figure 8 shows the basic approach. The load-induced local inclinations are determined
at several measurement positions distributed on the measurement object (the bending
plate), with inclinations being recorded in both the x and y directions (1). The inclination
differences between the unloaded and loaded states are calculated following Equation (1).
From the calculated inclination differences (2), two inclination surfaces are calculated,
representing all measured inclinations in the x direction and the y direction, respectively
(3). For this purpose, a MATLAB® internal interpolation function is used (the thin plate
spline interpolation—TPS).

The two approximated inclination surfaces (3) are numerically integrated separately.
This results in an integration surface from the inclination approximation in the x direction
Zinteg—x(Xi,¥i) and an integration surface from the inclination approximation in the y

*

direction Zinteg—y

(x;,y;) (Figure 8; (4) above and below, respectively)—see Equations (9)
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y-direction

and (10). Therefore, alphay(x;,y;) represents the approximated inclination surface in the x
direction and alphay(x;,y;) the inclination surface in the y direction.

Z:‘Fntegfx(xi/yi) :/ alphax(x;, y;) dx )
Z;kntegfy(xi/yo :/ alphzzy(xi,yi) dy (10)
1) ) ®) (4) (5)

a a Z
mclmatlon sensor in X X
M v @ ’
X Y X Y X

inclination sensor in

Figure 8. Approach for the three-dimensional inclination-based deformation measurement:
(1) measurements on loaded object; (2) inclination differences in the x and y directions; (3) ap-
proximation of inclination values; (4) numerical integration; (5) calculation of measurement result.

Based on these two integration surfaces, the final deformation surface (5) of the mea-
surement object is calculated. Therefore, the initial displacements of the x-integration
surface zj,,, o +(xi,y;) at the minimum y-value and the initial displacements of the y-
integration surface zj,,, o y(xl,yl) at the minimum x-value are extracted. The x-initial
displacements are then subtracted from the y-integration surface, and the y-initial dis-
placements are subtracted from the x-integration surface over the full range of values—see
Equations (11) and (12). Therefore, z;yteq—x (X, ¥i) and zjueg—y (i, ¥;) represent the two
integration surfaces in the x and y directions, corrected for edge deformations.

Zintegfx(xifyi) - Zznteg x(xlfyl) - Z;kntegfy(xmin/ ]/z') (11)

Zintegfy(xil ]/i) = Z;’Knteg—y(xil yi) - Z;Knteg—x (Xi, ]/min) (12)

The background for this procedure is that there is no information available about
the initial displacement of the inclination sensors at the edge of the bending plate at the
minimum y-value for the inclination measurements in the x direction. The same applies
to the inclination measurements in the y direction at the press table edge at the minimum
x-value. The initial deformations of the two integration surfaces at the press table edges are
integrated into the calculation of the deformation profile by the method described above.
The final deformation surface zeqs (X, y;) is ultimately calculated as the arithmetic mean
of the two resulting integration surfaces according to Equation (13)—Figure 8 (5).

Zinteg—x(xil yi) + Zinteg—y(xil yi)
2

Zmeas(xi/ ]/z‘) = (13)

2.1.4. Theoretical Analysis of the Example of Three-Dimensional Deformation Data

The previous methods were subsequently extended to a 3D space. The aim of this
second investigation is, again, to provide a theoretical proof of function for the extended
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measurement method for 3D deformations. The functionality was initially tested on the
existing published measurement results from the dissertation by Roth [4]—see Figure 9.
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Figure 9. Digitization of measurement value curves of press bolster plate deformations from [4],
test machine A: (a) measurement values of the bolster plate deformation parallel to the x axis;
(b) measurement values of the bolster plate deformation parallel to the y axis; (c) digitization of the
measurement values and transfer into the 3D space; (d) and approximation to a 3D surface.

The measurement data from Roth [4] contain the measured deformation profiles of
press bolster plates of large-scale car body presses. For this purpose, the given measurement
profiles were digitized using a self-developed MATLAB® image analysis function. The
procedure applied is shown in Figure 8. Two measurement data diagrams belonging to one
test machine (Figure 9a,b) were digitized and then transferred to the 3D space (Figure 9¢).
The generated 3D grid was then used to approximate a theoretical deformation surface of
the bolster plate (Figure 9d).

To investigate the developed measurement method on the previously generated 3D
fit of the bolster plate deformations from [4], the inclination values of the deformation
surface at previously defined theoretical measurement positions must be extracted. The
inclinations at the respective measurement points are calculated from the slope of a linear
function, which intersects the virtual deformation surface just before and just after the
respective measurement position in the x or the y direction (secant). With this approach,
the inclination of the deformation surface in the x and the y directions is calculated at each
defined theoretical measurement point—see Equations (14) and (15). The two inclination
values calculated from the 3D fit are to be understood as virtual inclination measurements
tx (Xpos, Ypos) and ay (Xpos, Ypos) at the virtual measuring positions given by x5 and ¥pos-
Xcontact Tepresents the distance from the specified measurement position in both positive
and negative directions where the secant intersects the virtual deformation surface. From
the two z-coordinates of the virtual deformation surface and the distance of the intersection
points determined in this way, the inclinations in the x and y directions at the specified
measurement positions can be approximated.

Zapprox (xpus + Xcontact, ]/pos) — Zapprox (xpos — Xcontact, ]/pos)
Ay (Xpos, = 14
X( pos yPOS) (xpos + xcontuct) - (xpos - xcontuct) 14
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y [mm]

y [mm]

Zapprox (xpos/ Ypos + ]/contact) — Zapprox (xpos/ Ypos + ycontact)
ay (xpos/ ]/pos) = (15)
(]/pos + ]/contact) - (ypos - ]/contuct)
From the inclination values of the different measuring positions, the procedure in
Section 2.1.3 is applied to calculate the two inclination surfaces (Figure 10a,b) and the two
integration surfaces (Figure 10c,d).
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Figure 10. Results of the theoretical investigations on measurements from [4]: (a) inclination approx-
imation in the x direction; (b) inclination approximation in the y direction; (c) integration surface
of the inclination approximation in the x direction after subtracting the initial y-deformations; and
(d) integration surface of the inclination approximation in the y direction after subtracting the initial
x-deformations.

Figure 11b shows the theoretical measurement result for 25 evenly distributed theoret-
ical inclination measurement positions on the 3D fit of the bolster plate (the digitized table
deformation surface of test machine A in [4]). Figure 11a, in comparison, shows the original
deformation surface calculated from the measurement data of [4]. Figure 11c shows the
absolute and Figure 11d the relative error image of these two surfaces.

Zapprox (xir yi) — Zmeas (xiz yi)
max (abs (Zapprox))

Azpel (X1, Yi) = -100 (16)

The calculation of the relative error image dz,, (x;, y;) refers to the maximum value of
the virtual deformation z,pprox (x4, ;) in its center and is calculated according to Equation (16).
Zmeas (Xi, ;) 1S the virtual measurement result according to Equation (13). With the use of
25 evenly distributed measurement positions, errors below 4% could be achieved in large
areas of the measurement object using the developed measurement method. Slightly larger
errors of up to 10% result in small areas at the upper and lower edge.

For the even distribution of the measurement points on a given surface, various
rectangular and triangular grids are calculated. The calculation of rectangular grids is
based on a consideration of the given number of measurement points as the least common
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multiple of the number of measurement points in the x direction and the number of
measurement points in the y direction. Different combinations of values are computed,
and, from the valid pairs of values for the specified number of measurement points, the one
with the smallest difference in spacing between the measurement points in the x direction
and the measurement points in the y direction is selected. If no meaningful value pair can
be found by calculating a uniform rectangular grid, the calculation proceeds to generate
a triangular grid. The calculation is initially based on generating different rectangular
grids. The triangular grid is created by defining an additional measurement point in the
center of each rectangle. A valid triangular grid is achieved when the specified number of
measurement points can be completely divided among the specific triangular grids. The
calculation is carried out iteratively.
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Figure 11. Theoretical investigation results of measurements from [4]: (a) 3D deformation surface
of test machine A based on measurement results; (b) theoretical measurement result of virtual
inclination-based deformation measurement; (c) theoretical measurement error in um; and (d) theo-
retical measurement error in %.

2.1.5. Sensitivity Analysis of the Theoretical Measurement Point Quantity and Position

Analogous to the investigations on the 2D bending beam, the sensitivity of the mea-
surement result to the number of measurement points and their positioning was analyzed.
The aim was to answer the following two questions:

1.  How many evenly distributed measurement points are theoretically necessary for
measurement errors < 10% of the maximum deformation? See Figure 12.

2. Can a theoretical improvement in the measurement results be achieved by manually
optimizing the measurement positions? See Figure 13.
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(a) theoretical deformation

(b) new meas. method

(c) error in pm

(d) error in %
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Figure 12. Sensitivity analysis of the number of evenly distributed measurement points for the
calculated theoretical deformation of the bolster plate of test machine A in [4].
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Figure 13. Sensitivity analysis of the measurement positions for the calculated theoretical deformation

of the bolster plate of test machine A in [4].
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Figure 12 shows a sensitivity analysis of the number of measurement points on the
theoretical measurement object explained in Section 2.1.3. The measurement positions are
evenly distributed. As anticipated and identical to the results on the 2D bending beam, the
measurement error magnifies as the number of measurement points decreases.

The theoretical outcomes reveal that the measurement error stays under 7% over vast
regions, even when the number of measurement points is cut to 15. It is only in small
peripheral areas that the measurement error reaches a maximum of 10%.

Figure 13 shows the results for an even distribution of the measuring points and two
freely chosen modifications of the measuring point positions for 15 measurement points.
The theoretical measurement error increases when compared to an even distribution.
In contrast to choosing the optimal measurement point positions on the 2D bending
beam, there are significantly more degrees of freedom available in a 3D space. Improving
the theoretical measurement accuracy by manually optimizing the measurement point
positions is no longer straightforward in the 3D space.

2.2. Experimental Verification of Deformation Measurement of Press Bolster Plates
2.2.1. Basic Experimental Testing under Laboratory Conditions

As part of the experimental tests, the basic functionality of the presented measurement
method was first tested. Figure 14 shows the test setup on a test object at TU Dresden. The
load was introduced via a gas spring assembly consisting of six staggered heavy-duty gas
springs (Figure 14a). The testing was initially carried out with a manual selection of evenly
distributed inclination measurement points in the x and y directions (Figure 14b).

press ram
mounting

plate \
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gas spring . ‘:g‘ ] nl:‘lrv il %?' I l’

inclination ; centric load
sensor 800
setup #2 ] (] (]
inclination = E‘ J 1 1
sensor —
setup #1 ‘, ~ (| 1 1

U 1 1
press table -
n}ounting 0] 1 ]
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U 1 |

- inclination sensor 1 1
mounting plate—_| > ‘ Fredericks -400 1
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+/-0,5° —] signal conditioner _80
board -1000 -500 0 x[mm] 1000

magnetic base ) b mounting plate

q m inclination sensor alignment in x
magnetic base
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Figure 14. Measurement setup for inclination-based deformation measurements on the bolster plate

of the test object: (a) gas spring loading setup and used inclination sensor setups; and (b) applied
measurement positions for inclination measurements in the x and y directions.

The inclination measurements were carried out in duplicate for each measurement
point with each inclination sensor setup: using an expensive capacitive sensor (Wyler
Zerotronic) and a comparatively cheap electrolytic sensor (Fredericks). The necessary
angular resolution of the sensors depended on the dimensions of the bolster plate and the
amount of deformation. Through an examination of the measurement data presented in the
literature concerning deformations of bolster plates (see [1,4,6,7,11,43]), the theoretically
necessary angular resolutions could be computed by employing a basic bending beam
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model. These resolutions fell within the range of 0.0003 to 0.0005 degrees, aligning closely
with the specifications of the two sensors utilized.

At each measurement point, the inclination curves were recorded in the x and the
y directions (see Figure 14b). The measurement started with an unloaded machine and
therefore an un-deformed bolster plate. Subsequently, the press ram was moved down
to the bottom dead center (BDC) during the measurement, compressing the gas pressure
springs to their maximum force. After a short hold of the ram in the BDC, the return
stroke and the unloading of the machine took place, followed by the end of the inclination
measurement. The described procedure was carried out for 45 measurement points evenly
distributed on the press table. Figure 15 illustrates the procedure for processing the
measurement data. The raw data for each measurement point (Figure 15a) were first
smoothed using a moving average filter and converted into an inclination angle value
using the calibration curve of the sensor. The minimum value (the unloaded measurement
object; red points) and the maximum value (the fully loaded measurement object; blue
points) were then extracted from each smoothed data curve and assigned to the respective
measurement position (Figure 15b).
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Figure 15. Approach for the measurement data analysis: (a) raw measurement data and moving
average filter (red—unloaded state, blue—loaded state); (b) extracted minimum and maximum
inclination values (red—unloaded state, blue—loaded state); (c) calculated inclination differences
between loaded and unloaded states (red—y direction, blue —x direction); (d) calculated inclination
approximations in x and y directions (dots represent measurement points); and (e) final deformation
image of the measured object (the measurement result).

The inclination differences were then calculated (Figure 15c), from which the two
inclination approximations in the x and y directions were calculated (Figure 15d) using
the equations given in Section 2.1.3. This yielded the final deformation image of the
measurement object (Figure 15e). Figure 16 shows the two measurement results:
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Figure 16. Measurement results of the developed measurement method under central load application
on the test object: (a) Wyler Zerotronic inclination sensor, evenly distributed measurement points
that were manually selected; and (b) Fredericks electrolyte sensor, evenly distributed measurement
points that were manually selected.

Figure 16a shows the two measurement results for a centrally loaded machine and
evenly distributed measurement points, using the Wyler Zerotronic 3 sensor and the
Fredericks electrolyte sensor (Figure 16b). It is evident that using significantly cheaper
electrolyte sensors can yield nearly the same measurement results.

To validate the developed measurement method, a comparison measurement was
carried out using a proven measurement procedure (see Figure 17). The measurement of

the bolster plate deformation was carried out using 12 high-resolution measurement probes,
which were mounted on a carbon fiber measurement frame using measurement stands.

The four support points of the measurement frame were placed in the corner areas of the
bolster plate to ensure a minimal measurement error due to external table deformations.
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00 centric load/ eccentric load
|
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stand Wy IR = = N N 400

-800

\
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Figure 17. Measurement setup for conducting a comparative measurement on the bolster plate of the
test object: (a) gas spring setup and measurement frame equipped with high-resolution measurement
probes; and (b) positions of the measurement probes and support points (numbers 75, 80, 100
represent the stroke lengths of the gas springs).

The measurement data analysis was initially carried out analogously to Figure 15a.
The deformation at the respective measurement points was directly calculated from the
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extracted minimum and maximum values as well as the respective sensor positions
(Figure 17b). In addition, four further virtual measurement points were added to the
support points of the measurement frame and integrated into the analysis with a deforma-
tion of 0 um. A continuous deformation image (Figure 18) was then calculated from the
resulting 16 measurement points using the MATLAB® internal TPS function.
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650 0

-20
400
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-100
-120
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-140

-160

Figure 18. Measurement result of the comparison measurement of the bolster plate deformation of
the test object under central load application.

By extrapolating the deformation image beyond the support points of the measure-
ment frame, the table deformation in the outer regions of the bolster plate (outside the
measurement frame) could ultimately also be taken into account. For the extrapolation,
the support points of the measuring frame were added as virtual measurement points,
and their displacement was set to z = 0 um. Subsequently, a surface approximation was
calculated from the totality of all measurement points. For this purpose, a Matlab® internal
fitting function (thin plate smoothing spline—TPS) was used, allowing an extrapolation
beyond the originally contained range of values in the measurements. Figure 19 shows the
measurement results for the central load introduction. The support points of the measuring
frame are located in the corners of the bolster plate in Figure 18 (see also Figure 17b).
Figure 19 depicts the calculated absolute and relative error maps of the measurement
results on the test object.

The absolute error maps represent the difference between the inclination sensor-based
deformation measurement and the performed direct comparative measurement. In order
to provide a better assessment of the accuracy of the developed measurement method,
relative error images were also calculated. A direct consideration of the relative deviations,
where the percentage deviations between the two measurements are calculated with the
spatial resolution, is not appropriate here. The reason is that the relative error increases
disproportionately at very small deformation values in the peripheral areas of the bolster
plate. This would not provide a sensibly evaluable error pattern. Therefore, the relative
error images were calculated from the absolute error images in such a way that the relative
values refer to the maximum deformation of the reference measurement in the center of the
bolster plate. A comparison of the measurement accuracies generated by the two different
types of inclination sensors reveals that both sensors provide deformation results within
the same range of accuracy. When using the Wyler Zerotronic 3 sensor, the absolute errors
range from —19 to +13 um, corresponding to a relative accuracy of —8 to +11%. When
using the Fredericks electrolytic sensor, the absolute errors range from —13 to +18 pm,
which corresponds to relative errors of —11 to +8%.
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Figure 19. Comparison of the measurement results using the novel measurement method, with the
results of the comparative measurement on the test object: (a) error in um with the Wyler Zerotronic

3 sensor; (b) error in um with the electrolytic sensor; (c) error in % with the Wyler Zerotronic 3 sensor;
and (d) error in % with the electrolytic sensor.

2.2.2. Testing as Part of a Press Commissioning at a Press Manufacturer

This section extends the basic testing of the newly developed inclination-based method
using measurements under real conditions and a comparison with the proven displacement-
based method on the same machine. For this purpose, the commissioning of a particularly
precise servo spindle press at a press manufacturer was used—this is the test machine
in the following. Figure 20 shows the applied test setups. The load was applied to the
machine using a two-stage gas spring arrangement consisting of four gas springs of up to

1200 kN nominal force. The crosswise arrangement of springs with the same stroke length
created a central load.

39

Az [um]




Machines 2024, 12, 40

0 centric load

heavy duty
gas spring T

. E
signal < =
conditioner
electrolytic 0
inclination -
sensor 250
magnetic stand

tabl -500

gfgi%tianoe = -700 -350 0 x[mm] 700
plate ° \ B, % - m inclination sensor alignment in x

[ inclination sensor alignment in y

centric load
press ram 0

mounting plate

heavy duty
gas spring

y [mm]

measuring DS
frame i P 0

measuring stand \ NN o 250
with dlsp?ace— ] Y Se o
ment sensor

-500
g]lgfglti?ie 700 350 0 x[mm] 700
plate ° N\ - i @ positioning of displacement sensors

O feet of measuring frame

Figure 20. Experimental setups for the determination of bolster plate deformations during a press
commissioning test on the test machine (numbers 80, 100 represent the stroke lengths of the gas
springs): (a) gas spring loading setup for central load force introduction and simplified inclination
sensor setup; measurement points for inclination-based deformation measurement at evenly dis-
tributed positions; and (b) gas spring setup and measurement frame with 12 measurement probes
for comparative measurement; measurement probe positions and support points for comparative
measurement.

Good results were achieved in the laboratory test (Section 2.2.1) with the significantly
cheaper electrolytic inclination sensor, so that only the electrolytic inclination sensor setup
was used in the tests carried out here. According to the method described above, several
inclination measurements in the x and y directions were carried out distributed on the
bolster plate. Since only one prototypical inclination sensor setup was available, a separate
load stroke was carried out with the machine for each measurement and an inclination
profile was recorded from the unloaded to the fully loaded bolster plate.

In addition to the developed measurement method (Figure 20a), a second measure-
ment using a measurement frame with 12 high-resolution measurement probes was applied,
as described in Section 2.2.1 (Figure 20b). Due to the slightly inwardly shifted support
points, the measurement frame shifts downward during load application. This measure-
ment error is approximately compensated for by extrapolating the deformation surface
generated from the measurement points to the edges of the bolster plate. Figure 21a,b show
the measurement results obtained from the two applied measurement methods.
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Figure 21. Measurement results of the deformation measurements conducted on the test machine and
a comparison with the results of the comparative measurement: (a) measurement results obtained
using the developed measurement method with evenly distributed manual measurement positions;
(b) measurement results of the comparative measurement; (c) error in pm with the Fredericks
electrolytic sensor; and (d) error in % with the Fredericks electrolytic sensor.

Figure 21c,d illustrate the measurement accuracies of the measurements conducted on
the high-precision servo press. The measurements were performed using a cost-effective
electrolytic inclination sensor. The achieved measurement accuracies range from —8 to
+8 um, corresponding to relative measurement accuracies of —11 to +6% relative to the
maximum bolster plate deformation. The new measurement method yields comparable
results to the established method in real conditions, indicating its effectiveness.

3. Discussion

Based on the findings from the theoretical investigations from Sections 2.1.2 and 2.1.5,
the sensitivity of the measurement results to the number of measurement points and the
position of the individual measurements was investigated.

3.1. Sensitivity Analysis of Measurement Point Quantity

For this purpose, the individual measurement point readings were excluded from
the calculation of the deformation images. Figure 22 shows the results of the developed
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measurement method for the evaluation of 45, 25, and 10 of the originally recorded mea-
surement points on the test object, as well as the respective deviations from the comparison
measurement. Figure 23, in analogy, presents the evaluation of 32, 20 and 14 of the mea-
surement points recorded on the investigated test machine.

(a) comp. deformation (b) new meas. method (c) error in um (d) error in %
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Figure 22. Sensitivity analysis of the number of measurement points for the bolster plate deformation
measurement on the test object.
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Figure 23. Sensitivity analysis of the number of measurement points for the bolster plate deformation
measurement on the test machine.
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The calculated error images between the comparison measurement and the novel
measurement method show that there is only a slight dependency of the measurement
result on the number of measurement points. Even when evaluating only 10 measurement
points (on the test object), the deviations compared to the comparison measurements are
only slightly larger than when evaluating all recorded measurement points. For the test
object the maximum errors range between 18 um and 21 um (11-14.5%). However, the
deciding factor for this is the position of the measurement points on the object being
measured. While there is a nearly even distribution of measurement points with 45 or
25 points on the test object (Figure 22), with 10 measurement points there is already a large
degree of discretion in choosing the positions for the local inclination measurements on the
test object.

Similarly, for the test machine, a reduction in the measurement points leads to only
a slight increase in measurement inaccuracy—see Figure 23. For the test machine the
maximum errors range between 8 pm and 10 pm (11-13%). Here too, however, the influence
of the individual measurement positions on the calculated measurement result increases
as the number of measurement points decreases. If an even distribution of a sufficient
number of measurement points is not possible, it is especially important to capture the
local inclinations where, as expected, high inclination values occur during deformation.
In the example measurements of the bolster plate deformations with a centric load, the
measurement points shown here are primarily located on the coordinate axes of the press
coordinate system and in the bolster plate corners.

3.2. Sensitivity Analysis of Measurement Point Position

Figure 24 shows that for a small number of measuring points there can be a high sensi-
tivity of the measuring accuracy at the individual measurement positions. The maximum
absolute and relative errors on the test object vary between 19 and 46 um (11.5-27.5%) when
using nine measuring points. In the case of the test machine with 10 measuring points, a
variation in the maximum measurement error of just 21-24 um (29-33%) is observed, which
suggests a much lower sensitivity. The different positioning variants of the measuring
points in Figures 24 and 25 were freely chosen from the available measurement data.
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Figure 24. Sensitivity analysis of the positions of measurement points for the bolster plate deformation
measurement on the test object.
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Figure 25. Sensitivity analysis of the positions of measurement points for the bolster plate deformation
measurement on the test machine.

3.3. Error Considerations of the Conducted Measurements

The presented measurement results were obtained under the influence of several
potential sources of error, which are briefly addressed below. Simplified inclination sensor
setups were used in the studies to capture the inclination signals on the bolster plates
under investigation. Only one sensor per sensor type was available for the fundamental
studies performed, requiring a large number of individual measurements that were not
synchronized in time for each series of measurements. The inclination measurements and
the probe measurements of the comparative measurement were conducted on separate days
for both machines. In summary, the following potential sources of error can be identified:

Deviations in the load application between the inclination-based deformation mea-
surement and the comparative measurement due to temperature differences in the gas
pressure springs and minimal leakage at the spring valves;
Deviations in the load application due to control deviations in the force or stroke

controls of the test object and the machine;

Inaccuracies in the manual evaluation of the non-synchronized raw measurement data

of the individual inclination measurements;

Inaccuracies in the manual alignment of the sensor setups on the bolster plates;
Angular errors due to deviations from perpendicularity during the setup of the sensors

on the simplified sensor setups;

Angular errors due to deviations from perpendicularity during the alignment of the
sensor setups on the bolster plates of the test machines;
Temperature drifts of the inclination sensors during the recording of a measurement

series (lasting several hours);

Minimal adjustment of the sensor alignment on the recording plates of the simplified

sensor setups;

Insufficient holding time at maximum load at BDC.

It can be assumed that by reducing the potential sources of errors, the measurement
results would be even more precise. One essential measure for this is the synchronized
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measurement of all measurement points involved in a deformation measurement, as well
as the precise and stable installation of the sensors in the measurement modules.

4. Conclusions

This paper presents a novel measurement method for the 3D deformation measure-
ment on machine tools based on local inclination measurements. Its functionality was
demonstrated for the deformation measurements on press bolster plates within an accuracy
range of <20 um. For the measurement of static bolster plate deformations, the presented
method offers significant advantages over existing methods. These include a high appli-
cation efficiency, a high level of application flexibility, and comparatively low acquisition
costs compared to laser trackers or stereo camera systems, as well as measurement frames
with high-precision measurement probes. In addition to pure deformation measurements,
the presented method and the corresponding measurement system also allow displacement
measurements, e.g., to determine ram tilting due to eccentric load application. Further
investigations will be carried out.

It was experimentally proven that, starting from 20 local inclination measurement
points, central bolster plate deformations can be reliably detected. As the number of
measurement points decreases, the influence of the measurement positions on the mea-
surement result increases. Future work will therefore focus on methods for a model-based
optimization of the measurement positions.

It is also expected that a further improvement in the measurement accuracy can be
achieved by using time-synchronized measurement modules. The development of such a
measurement system is currently in progress at ICM e.V. The measurement system will
consist of 25 measurement modules and is intended to enable a simple and time-saving
yet precise determination of the deformations and deflections in forming presses under
load. A patent application for the presented measurement method and the developed
measurement system has already been filed by ICM.

At present, it is not possible to carry out dynamic measurements during continuous
cycling of the press or to introduce dynamic loads at this stage of the system development.
Nonetheless, it is feasible to extend the fundamental approach to dynamic measurements
with the aid of appropriate sensors. This is also planned for future research.

5. Patents
Patent application under the patent number 10 2023 115 430.3.
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Abbreviations/Nomenclature

Term Explanation
bolster plate clamping plate for tool fixture in forming presses
p pmgp &P
ress commissionin setup and initiation process, including testing and making the press
P 8 operational
ress ram movable part of a press that applies pressure to the material being
P processed

flat surface or platform on a press where the material or workpiece is
positioned and processed
press working space/area  area between the table and the ram of a forming press

press table

T-slot groove in press table or ram for tool fixation

BDC Bottom Dead Center

DIC Digital Image Correlation

ICM ICM—Institut Chemnitzer Maschinen- und Anlagenbau e.V.
PSD Position Sensitive Detector

TPS Thin plate smoothing spline

2D Two dimensional

3D Three dimensional
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Abstract: Runway lights are essential components of the airstrip. However, there is currently no
international standard that outlines methods for the testing of runway light fixtures. In this study,
a novel testing method is developed to simulate the forces exerted on the lights during landing.
The testing equipment is specifically designed to be easily mounted on a standard hydraulic press
commonly used for tensile tests. This system allows for the regulation of the normal force between
the aircraft tire and the fixture of the runway lighting system. To minimize load fluctuations during
part sliding, Belleville washers are employed. The overall compliance of the system is validated
through finite element analysis. Tests carried out by means of the proposed testing equipment allow
the effective description of the variations in load at different positions during sliding. The system
presented in this paper can be used to investigate the effects of landing on various combinations of
cap design and tire material.

Keywords: runway light fixture; testing method; landing gear; customized test; aircraft

1. Introduction

Runway edge lighting is used to outline the edges of runways during periods of
darkness or in restricted visibility conditions [1,2]. The functionality of these lights holds
paramount significance in ensuring the safety of flight operations [3]. Research in this
domain has predominantly focused on monitoring the optical efficacy of these lighting
systems to ascertain the attainment of adequate visibility [4,5]. Nevertheless, ensuring
the proper functionality of the lighting system necessitates the assurance of the structural
resilience of these lights. The lights are protected by aluminium caps (fixtures) that are
required to withstand the possible impacts with aircraft wheels, especially during landing,
where the highest applied forces are achieved. Notably, there remains an absence of
studies addressing the determination or assessment of such protective structures. Presently,
there are no established standards providing guidance for the design or testing of this
specific fixture. Moreover, no previous studies have addressed this issue by proposing
methodologies to evaluate the performance of runway light fixtures on a laboratory scale.
The objective of this study is to fill this void by introducing a test method and equipment
capable of replicating the loading conditions experienced by the fixture during landings.
The proposed test method outlined in this research aims to serve as a benchmark for future
investigations in this field.

To design the equipment, relevant standards and technical documentations have been
taken into account. The shear load, responsible for the deformation of caps’ edges, has
been assessed by comparing four standards regarding the landing of specific plane models
(the Airbus A380 [6] and the Boeing 777 [7]), one regarding specifications for runway and
taxiway light fixtures [8] and one regarding specifications for large planes in general [9].
In particular, ref. [8] has been used to determine the shear load for the elastic model,
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whereas [6,7,9] have been used to determine the shear load for the elastic—plastic model.
An intermediate value of deceleration between the one from [7] and the one from [9] was
considered (3 X a;), whereas the maximum plane weight at landing (MLW) was taken
from [6], as the A380 has a higher MLW than the Boeing 777.

Section 2 details the design of the testing equipment. Specifically, an experimental
test bench has been designed and manufactured to be able to run experimental campaigns
on these light fixtures. The conceptual scheme of this test is discussed in Section 2.1. The
ad hoc designed apparatus allows for the accommodation of the test piece on a standard
Instron 1275 500 kN universal testing machine and the application of (i) a normal force
to the planar upper surface of the light fixture by means of a series of bolts and of an
interchangeable rubber pad and of a (ii) tangential motion to the planar upper surface of
the light fixture in order to adequately simulate the impact between the wheel and the
fixture itself. The design of the architecture is presented in Section 2.2, while Section 2.3
provides an insight into the clamping system used to generate the normal force on the
rubber pad.

FEA models have been developed, applying the retrieved shear loads, in order to
determine the entity of the deformation in a worst-case scenario. These calculations are
presented in Section 2.4.

Section 2.5 focuses on the design of the connection to the universal testing machine.
Finally, Section 2.6 covers the handling and operation of the equipment.

The applications of the proposed testing equipment to actual fixtures and tires are
outlined in Section 3 to illustrate the effectiveness of the proposed solution in measuring
contact forces. Ultimately, conclusions regarding the current work are drawn in Section 4.

Issues of novelty arise from the lack of studies both in the scientific and in the technical
literature dealing with the development of similar devices. The developed testing rig can
be used not only for FEA validation purposes, but also for experimental tests aimed at
assessing the safety of the light fixtures. The originality of the performed non-trivial design
task arises also from the lack of specific standards providing recommendations or reference
schemes for the execution of lab tests aimed at assessing the structural response of the light
fixtures under their normal duty cycle.

2. Design of the Equipment
2.1. Conceptual Scheme of the Test

For the scope of these tests, the landing gear tire is substituted by a cylindrical rubber
pad of 200 mm diameter, fabricated from the same elastomeric material. Considering that
the objective of the test is to replicate the contact experienced during landing, the rubber
pad must be pushed against the light fixture with a specific normal force denoted as Fy.
Equation (1) may be used to estimate the value of Fy.

Mag

Fn =
N Ng

)

where m, is the mass of the airplane, g is the acceleration of gravity and N, is the number
of landing gear tires. Table 1 reports the values calculated for an Airbus A380 and a Boeing
777, the acceleration of gravity being g = 9.81 m/s.

Table 1. Calculation of the normal force Fy in two aircraft.

. mg Fn Reference
Aircraft (ton) Ng (kN) (%)
A380 386 16 237 [6]
Boeing 777 296 18 161 [7]

In Figure 1a, a schematic illustrates the gear making contact with the fixture during
landing. Here, the load Fy presses the gear against the fixture as it moves forward, resulting
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in the generation of a tangential force Fr due to the friction between the tire and the fixture.
To examine the loading conditions that arise when the tire component moves on the runway
lighting fixture, the testing system must facilitate the sliding motion of the rubber pad with
respect to the cap, as illustrated in Figure 1b.

Landing gear

(@)

Figure 1. (a) Schematic representation of the tire touching the fixture during landing and (b) concep-

tual scheme of the test.

The controlled parameter of the test is the displacement, denoted as u, in the direction
of sliding. Additionally, the testing system should enable the measurement of the tangential
force Fr resulting from the friction between the rubber pad and the cap.

The testing apparatus was designed to be adaptable to a standard universal testing
machine equipped with a load cell, which is commonly utilized for tensile testing purposes.
Specifically, a INSTRON 1275, load capacity 500 kN, by Instron®, Norwood, MA, USA,
was used.

2.2. Architecture of the Equipment

An assembly drawing of the testing system developed for these experiments is shown
in Figure 2.

q\»—! 4 — N
= - |
& o

Figure 2. Assembly of the testing equipment.

The rubber pad, labeled as (1) in Figure 2, is mounted on a support (2) that is connected
to the piston of the hydraulic press through an adapter (3). The pad support is linked
to a base plate (4) via rails, allowing relative sliding between these two elements along
the piston axis. The base plate is then connected to the fixed crossbeam of the press. As
shown in Figure 2, an intermediate block (5) is bolted to the base plate and connected to
the machine using a second adapter (6). This configuration enables the alignment of the
two adapters, i.e., the forces, along the axis of the hydraulic press. The linear variable
differential transducer (LVDT) of the press is used to measure the movement u of the pad,
while the load cell measures the tangential force F;. All the components mentioned thus far,
except for the elastic pad, are made of S355]R steel.

The runway light fixture under testing (7) is mounted on a S355JR counterplate (8). This
counterplate is pressed against the base plate (4) by six bolts (9). The normal force Fn can
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be adjusted by varying the tightening torque of these bolts [10]. However, it is important to
note that the high elasticity of the rubber pad, combined with the variable height of the cap,
may result in significant variations in the preload of the bolts. To monitor fluctuations in the
normal force Fy, four strain gauges, L2A-06-125LW-350 (Micro Measurements, Raleigh, NC,
USA), arranged in a full bridge configuration (two longitudinal and two transverse), were
applied to each of the two specular central columns of the system, as shown in Figure 3.

Figure 3. Picture of the strain gauges applied on the central columns.

A custom software program running in the LabVIEW 2020 (National Instruments,
Austin, TX, USA) environment and sampling through a NI cDAQ 9184 carrier equipped
with a bridge module NI 9237 was used to acquire the signal from these gauges and
synchronize it with those from the LVDT and load cell. The analog inputs from the machine
were sampled by means of an NI 9219 module, plugged into the same carrier. Further
details regarding the dimensioning of the clamping system are presented in Section 2.3.

2.3. Design of the Clamping System

Figure 4 depicts a detailed view of the clamping system.

1 Bolt

2 Cap

3 Column

4 Bellevile washer (x6)
5 Counterplate

Figure 4. Detail of the clamping screw.

As illustrated in Figure 4, the screw is tightened on a central column, which transfers
the load to the base plate (not shown in Figure 4). To this end, 6 screws, M20X60 grade 10.9,
were used. According to ISO 898-1 [11], these screws have a proof load equal to 203 kN.
Therefore, the maximum value of Fn before yielding is 1218 kN, i.e., more than 5 times the
maximum estimated value in Table 1.
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The stiffness Kj, of each screw can be approximately calculated as in Equation (2):

E A
Ky = ——t
b Lo

where E is the elastic modulus of the material, A; is the nominal stress area and L is
the free length of the screw. Assuming E = 205,000 MPa, and with Ly = 32 mm and
Ay = 245 mm? [11], it can be found that K, = 1.57 x 10° mNm. As there are six parallel
screws, the total stiffness is 6K,.

Fluctuations in Fy resulting from the elastic deformations of the pad, previously
discussed in Section 2.2, can lead to a sudden variation in preload, which may in turn
lead to the inconsistent application of the normal force (thus, the shear force) to the fixture
along the stroke. To prevent this issue, a set of Belleville washers is employed against the
counterplate. As depicted in Figure 4, the screw underhead region makes contact with a
cap, which in turn compresses six Belleville washers against the counterplate.

The Belleville washers have an external diameter D, = 125 mm, an internal diameter
d; = 61 mm, a thickness f = 6 mm and a free height iy = 3.6 mm. The stiffness is
determined using the elastic modulus E = 210 GPa. The stiffness of an individual washer
can be calculated using Equation (3), with C2’ and C2” defined as in Equation (4) and
Equation (5), respectively [12], where &« = D, /d;:

)

Kiu(6) = sy G = D)1 = )t + G ©
& =l -~ i) o)’ @
¢5 = Zin(e)(—)? ©)

The arrangement of the washers consists of three pairs of washers (i.e., parallel-
connected), working in series. This configuration will be named 2P-2P-2P in the following.
Given that each of the six columns is equipped with a similar set of washers, the final
spring arrangement is as depicted in Figure 5.

Ky

W Klw Klw Klw Klw Klw Klw K1w Klw K1w Klw Klw

Klw Klw Klw Klw Klw Klw Klw Klw Klw Klw Klw w

Figure 5. Scheme of the washers’ configuration.

Consequently, the overall equivalent stiffness is equal to K.g = 4K1.
Figure 6 illustrates the displacement (§) versus force (F) plot for the Belleville washers.
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1.2x10°
FN) : No washers
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6.0x10° !
1
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1
]
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Figure 6. Displacement (6) versus force (F) plot for the set of Belleville washers.

As observed in Figure 6, this configuration effectively reduces the variation in axial
load on the pad—fixture contact in the event of slight thickness variations thereof. Specifi-
cally, a nominal force of 240 kN corresponds to a displacement of 3.31 mm for the washers.
Deviations of +20% from this displacement value result in corresponding variations of
+16% in the contact force.

It is interesting to highlight that the adoption of Belleville washers allows for the easy
adaptation of the stiffness of the system to the loads used for testing. For example, assuming
that all six washers are used, the following alternative configurations can be obtained:

®  Six washers in parallel (6P);
e Three washers in parallel with the other three washers in parallel (3P-3P);
e Two pairs of washers in parallel and two single washers, working in series (2P-2P-P-P);
¢ One pair of washers in parallel and three single washers, working in series (2P-P-P-P-P);
e  Six washers in series (P-P-P-P-P-P).

Figure 7 compares the force versus displacement curves of the different configurations,
including the one presented above.

- =~ No washer
2.0x10°6 — 6P
F(N) — 3P-3P
: — 2P-2P-2P
1.0x109
: — 2P-2P-P-P
5.0x10%;
; — 2P-PPPP
— P-P-P-P-P-P

5 10 4 (mm) 20

Figure 7. Displacement (9) versus force (F) plot for different configurations of Belleville washers.

By observing Figure 7, it can be seen that a broad range of properties can be achieved
by simply changing the orientation of the washers.

2.4. Numerical Assessment of Stiffness

To validate the stiffness of the testing system, a finite element analysis (FEA) was
conducted. The objective of this analysis was to estimate the maximum displacement of
the plate and counterplate following the tightening of the screws. For safety purposes, the
calculation incorporated a preload of 203 kN on each bolted connection, corresponding to
the force at which the screws yield. The model employed for the calculation is illustrated
in Figure 8.
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Figure 8. Finite element model used for the stiffness verification.

The model was simplified for the analysis, which was run by Ansys R.17.2. Firstly,
extraneous details such as centering holes were eliminated from the 3D model. Additionally,
since the Belleville washers were fully compressed under the investigated load, they were
substituted with an annular element having a height of 21.6 mm, which was six times
the thickness of a single washer. The rubber pad was treated as a rigid element made of
steel that comes into contact with the counterplate at the location of the cap ring. The
connections between the equipment and the testing machine were disregarded as they
had a minimal influence on the analysis. Finally, the simulation took advantage of the
equipment’s symmetry to reduce the computational effort.

The mesh used for simulation, which is shown in Figure 9, comprised 351,189 nodes
and 147,511 elements. Second-order hexahedral and tetrahedal elements were used.

0.00 150.00 300.00 {mm)
75.00 225.00

Figure 9. Mesh of the assembly used for the finite element analysis.

Contacts among the elements of the system were assumed to be fixed in the case of
planar mating surfaces and frictionless in the case of cylindrical coupling. CONTA174-
TARGE170 elements were used in the contact regions.

For the purposes of the calculation, the system was assumed to be fixed on one side of
the blue-colored base plate shown in Figure 8. The bolt pretension tool was employed to
apply the axial force to the bolts, which were modeled by means of solid bodies and meshed
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with tetrahedral elements. The contact element in the underhead region was bonded for
the sake of simplicity.

The simulation results, indicating the overall displacement of the two plates, are
presented in Figure 10.

0.0013465 Max
0.0011969
0.0010473
0.00089766
0.00074805
0000596844
0.00044883
0.00029922
0.00014961

0 Min

Figure 10. Results of the FEA in terms of total displacement on the plates (scale 2100 x).

The maximum displacement observed on both plates was found to be slightly below
1.5 pm, which is considered negligible for this particular application. This negligible
displacement aligns with the discussion in Section 2.3, where the clamping system’s design
aims to maintain the load as constant as possible during the deformation of the rubber pad.
For instance, in a realistic configuration employing a 2P-2P-2P arrangement of washers and
anominal normal load Fy = 180 kN, referring to the characteristic curve shown in Figure 6,
at 6 = 2.322, the value of Fyy measures 180.03 kN. Deviations of +15 um on ¢ result in a
fluctuation of +0.09 kN, representing an error of +0.05% on Fy. Moreover, it is essential
to note that the calculated value of 1.5 um considers the maximum admissible preload on
each bolt, significantly higher than the actual load used for testing.

2.5. Design of the Connection to the Testing Machine

As described in Section 2.2, the base plate is connected to an intermediate block, which
in turn is solid with the adapter. The connection between the base plate and the block is
achieved by means of 5 screws M20x60 grade 10.9, placed as shown in Figure 11.

To design this connection, an estimation of the tangential force F;, namely the measured
variable, was needed. This estimation was made considering the tangential force acting
on the tire during braking. In more detail, the design landing stop acceleration according
to [9] is a; = 3.1 m/s?. As an A380 has N, = 16 braking wheels, the tangential force F} on
each tire can be estimated as in Equation (6):

_ Mgaz

Fr=—F—="7 kN (6)

The clamp exerted by the bolts must be sufficient to avoid the sliding between the
mating surfaces. The load Rt that each screw must apply to this end can be calculated as
in Equation (7):

F
Ry = -
hp

where n = 5 is the number of screws, and y is the coefficient of friction. The latter is
assumed to be y = 0.15 in the case of non-lubricated steel on steel surfaces [13]. Under this
hypothesis, each screw must ensure a 93.3 kN clamping force.

@)
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As the two plates are not aligned, a bending moment My arises in the region of the
bolts. The modulus of this bending moment is calculated as in Equation (8):
boh

+5) ®)

My =Fr(5 +5

where t; and t, are the thickness of the base plate and intermediate block, respectively.
According to the dimensions shown in Figure 11, it is My = 3900 Nm.
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Figure 11. Schematic representations of the screws connecting the base plate to the intermediate
block (parts 4 and 5, respectively, in Figure 2). All the dimensions are in mm.

As all the screws have the same size, their centroid coordinate along the X-axis can be
calculated as in Equation (9):

_ K
XG = 5 (9)
where x; is the x-coordinate of the generic screw. It can be found that xg = 85 mm. The
additional preload Ry, to be applied on the generic j-th screw in order to balance the
momentum is given in Equation (10):

|xj — x|

R,; = My = (10)

xj — x¢)?

It can be found that the most critical elements are the screws numbered 4 and 5 in the
scheme of Figure 11, whose additional preload is R, 4 = R, 5 = 16,095 N. Indicating as F;
the preload on the screw, the safety factor SF can be calculated as in Equation (11):

Fi

SF= ———
Rn,4 + Rt

(11)

As discussed in Section 2.3, the proof load of M20 10.9 equal to 203 kN. Assuming an
utilization factor equal to 0.8, it can be found SF = 1.4.
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2.6. Handling and Operation of the Testing System

For testing purposes, the rubber pad is mounted on the plate, while the cap is posi-
tioned on the counterplate. The system is subsequently closed, as illustrated in Figure 2,
using six screws.

The total weight of the testing system is approximately 360 kg. Therefore, the assembly
and installation of the equipment require the use of a forklift. The supports highlighted in
Figure 12 are specifically designed to accommodate the forklift truck’s fork, enabling the
convenient and safe handling of the equipment.

Figure 12. Supports for handling of the testing equipment by means of a forklift.

The testing equipment is lifted into the testing area using the forklift, and the machine
is connected to the two adapters (labeled as 3 and 6 in Figure 2). The testing system installed
on the Instron press is shown in Figure 13.

Figure 13. Testing equipment assembled on the Instron hydraulic press.
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After assembling the system, the six bolts are tightened to achieve the desired value of
the normal load (Fy) as indicated by the strain gauges. Subsequently, the test begins by
lowering the piston of the testing machine until the pad completely disengages from the
cap. Following this, the piston movement is reversed, applying compression to induce the
pad to slide in the opposite direction.

After testing a configuration, loosening the six screws allows the adjustment of the
counterplate, enabling the replacement of the rubber pad and fixture without the need to
remove the entire equipment from the testing machine. This feature significantly saves
time, especially when conducting multiple tests.

3. Results and Discussion of Experimental Tests

The equipment was used to test an innovative design of runway light fixtures in
combination with different tire materials. The tests were conducted at a speed of 1 mm/s,
with a 30-s delay before the backward movement. Given that the diameter of the tested
fixtures was 200 mm, the entire test duration amounted to 5 min and 30 s.

A representative diagram of the force measured during the test is shown in Figure 14.
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Figure 14. Plot of (a) tangential and normal forces versus displacement, (b) Displacement versus time
and (c) apparent coefficient of friction versus time (initial normal force Fyy = 180 kN).

Figure 14 shows several values, expressed as functions of the displacement u#, namely
(i) the tangential force measured by the load cell (Fr), (ii) the normal load on the left and
right columns (Fyy, and Fyg, respectively) read by the strain gauges and (iii) their average
value (Fygy). The plots should be read in the direction indicated by the arrows to observe
the evolution of forces during the test. For clarity, the displacement versus time plot of the
test is reported in the bottom part of Figure 14. The zero displacement position corresponds
to the configuration in which the rubber pad is coaxial to the cap.

By observing the plot of Fr, it is possible to distinguish different phases.
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In the first interval, the tangential load remains almost constant while the displacement
increases. During this phase, the elastomer of the pad is prestressed by shear stress. Once
the elastic deformation of the pad is completed, Fr rapidly increases to a maximum value
and then slightly decreases. This region corresponds to the sliding of the pad on the first
half of the cap.

Once the value of u reaches 100 mm (roughly half the diameter of the light fixture),
the motion of the system is inverted, i.e., a compression force is applied by the press on the
testing equipment. In this phase, force Fr decreases to 0 as the compression of the rubber
pad is released. Then, there is a phase of null tangential load similar to that observed at
the beginning of the test, during which the pad is deformed. Finally, the absolute value
of the tangential load increases to a peak around u = 0 mm and then decreases, moving
to u = —100 mm. This finding is consistent with the shape of the light fixture, whose
maximum thickness is in the central region.

By observing the trend of normal forces, it can be seen that the initial force on each
column was set to 30 kN, i.e., the nominal value of Fy for this test was 180 kN. During the
first sliding, the normal force slightly decreases while the pad moves away from the central
point. This can be attributed to the reduction of the compression force on the pad due to
the lower height of the cap. The decrease in normal force at u = 100 mm is approximately
38% of the nominal value.

In the second run, the normal force increases to a maximum corresponding to that
of Fr; it then decreases while approaching u = —100 mm. It is worth mentioning that
the peak reached in this phase is 12% lower than the initial value. This indicates the
occurrence of several phenomena, among which are (i) embedding of the elastomeric pad
in the receptacle of the sliding carriage, (ii) wear/abrasion of the elastomeric component
on the contact side and (iii) self-adjustment of the loose parts of the apparatus.

Figure 14 reports also the apparent coefficient of friction y, calculated as in Equation (12):

Fr
B= 6FNuv

(12)

The calculation in Equation (12) is an estimation based on the hypothesis that the plate
is perfectly rigid, i.e., all the Belleville washers undergo the same displacement. It can be
observed that the coefficient of friction increases during the second run. This is consistent
with the wear of the elastomeric pad on the contact side.

For the sake of comparison, Figure 15 shows the plots of tests carried out with an
initial value of Fy equal to 100 kN.

By comparing Figure 14 and Figure 15, it can be observed that the percent reductions
in Fy are more relevant in the second case. Specifically, the reduction in Fy at the end of
the first sliding is equal to 58% of the initial value, while the difference between the initial
value and the second peak is equal to 24%. This finding suggests that the normal load
applied by the system is more stable at higher values. This result is consistent with the
characteristics of the elastic system presented in Section 2.3 and shown in Figure 6.

It is crucial to note that due to the lack of alternative equipment designed for this
specific type of testing, the comparison of these results with any existing primary data is
currently not possible.
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Figure 15. Plot of (a) tangential and normal forces versus displacement, (b) Displacement versus time
and (c) appearent coefficient of fricion versus time (initial normal force Fjy = 100 kN).

4. Conclusions

The research detailed in this paper outlines the development and construction of an
innovative piece of equipment specifically designed to evaluate the interaction between
tires and runway light fixtures during landing sequences. The finalized design exhibits
ease of manufacturability while ensuring exceptional stiffness during testing, substantiated
through finite element analysis (FEA). The use of Belleville washers enables the seamless
reconfiguration of the system to accommodate the varying normal loads required for
the tests.

Significantly, this equipment does not necessitate specialized actuation, as it is tailored
for use with a universal testing machine. This feature broadens its accessibility, offering
numerous research centers and companies the opportunity to conduct analyses on runway
light fixtures. Furthermore, the design’s incorporation of forklift supports simplifies the
handling of the testing equipment.

Preliminary tests have evidenced the efficacy of this equipment in measuring the tan-
gential force exerted on the runway fixture. Notably, the utilization of washers contributes
to minimizing the force fluctuations attributable to fixture shapes.

The collective merits outlined above position the testing equipment elucidated in
this paper as a notable advancement in experimental methodologies for the assessment of
runway lighting.
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Abstract: The optimization of the brake systems is crucial for vehicle performance and safety of
Formula SAE (FSAE) race cars. This study introduces a specialized brake test bench designed to
enhance the understanding and testing of these systems. The bench integrates a rotating mechanical
system mounting a brake disc-caliper group, which is driven by an electric motor, a pneumatic
brake pedal assembly to simulate real braking conditions, and a comprehensive array of sensors that
facilitate the measurement of critical parameters, such as rotation speed, braking torque, oil pressure,
and disc temperature. Its structure, sensor integration, and control electronics are fully described,
demonstrating the capability to replicate on-track scenarios in a controlled environment. The results
underscore the utility of the bench in providing precise and consistent testing conditions essential for
analyzing the efficiency, durability, and safety of the braking systems of FSAE race cars.

Keywords: brake system; FSAE; mechanical testing; electrical actuation; pneumatic actuation

1. Introduction

Formula SAE® is a series of competitions in which different teams of university
undergraduate and graduate students compete to design, construct, test, and promote a
race car prototype that adheres to stringent regulations [1] and mimics real-world racing
standards. The present work underscores the importance of the brake system in these
high-performance vehicles [2-5], which are subject to intense engineering scrutiny and
competitive performance. Traditional design and testing methods fall short, particularly
since the brake system can typically only be evaluated after the entire vehicle is assembled,
leading to potential issues being discovered too late in the development process [6].

Over the years, the need to overcome these limitations has suggested the adoption
of laboratory brake testing devices, which are superior in efficiency and control to vehicle
testing, as they involve fewer variables and reduced testing and engineering resources [7].
Numerous test systems have been proposed and adopted in the automotive sector (but also
in other sectors, for example, railways [8-10]), each distinguished by the test procedures,
experimental setups, and samples they adopt [11]. Generally, testing machines can be cate-
gorized into three main types based on whether the experimental tests are conducted using
a pin-on-disc (or block-on-ring) configuration [12-16], a brake dynamometer (also called
inertia dynamometer) [17,18], or a roller chassis bench (also called chassis dynamome-
ter) [6,19]. Clear and useful overviews of the main testing systems, along with a concise
history of the development of automotive brake test systems, are available in [20,21].

Despite the wide range of dynamometers already available, the need for designing
and building a dynamometer dedicated to FSAE cars is two-fold. The first and most
important concern is the size of the machines. For an FSAE car’s brake system, commercial
dynamometers are generally quite oversized since they are designed for road vehicles. To
clarify this point, consider that standard cars are designed to last hundreds of thousands of
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kilometers and to travel at cruising speeds of up to 130 km/h or even more. As a result,
the smallest commercial inertia dynamometers are designed to test brake systems with
maximum rotational speeds of up to about 300 rad /s, simulate inertias ranging from tens
to thousands of kg-m?, apply braking torques in the order of 2000-5000 Nm, and supply
the brake line with pressures even higher than 200 bar. It will be shown in the following
section that these values are out of scale compared to those of a FSAE car, which are quite
lighter and typically meant to cover at most a few thousand kilometers with a maximum
speed of about 90 km/h. The second reason, more trivial, is identified in the cost of the
machinery, which clearly follows the size of the machine.

Nevertheless, besides the size or the costs of the selected setup, another reason jus-
tifying the need for developing a brake test bench dedicated exclusively to FSAE cars
concerns the operating mode of the bench and the adopted test protocols. Noteworthily,
considerable effort has been invested in creating guidelines to minimize variability and
enhance the correlation between dynamometer and vehicle test results. Indeed, factors
like the measuring system (dynamometer and test setup) and the methodology (laboratory
procedures, data gathering, and reporting), along with variations in the friction pair (both
within and across production batches of friction materials and rotors), significantly affect
the consistency and range of the brake parameters measured during a specific test (or
sequence of tests), e.g., the friction coefficient [7,22]. This aspect, as well as the need to
homologate mass-produced braking systems with increasingly larger volumes, has made
it progressively necessary to define appropriate standardized test protocols to perform
repeatable measurements at very low time and cost [7,11,20,22]. As a result, numerous
standards (e.g., [23-29]) have been established, each marked by rigorous testing protocols
that define a sequence of braking runs, regulated by pressure or deceleration, across vari-
ous conditions (including braking and release speeds, pressure or deceleration levels, and
brake temperature).

While the use of standards provides a benchmark for repeatable and objective as-
sessments and ensures a standardized level of safety and quality, on the other hand, it
may prove inadequate or even restrictive for racing, which often demands customized
and generally higher performance and specifications compared to standard vehicles. In
fact, racing components are designed to maximize performance in a specific track or test
(e.g., brake test, autocross, or endurance for FSAE cars [1]), often sacrificing cost-effectiveness,
durability, and other features (which are essential in standard vehicles).

Consequently, there is a need to develop equipment and testing protocols specific to
the sector that consider the unique requirements and allow for the study of the braking
system’s performance in light of its real operating conditions.

There are some examples in the literature of brake test benches specifically designed
and built for FSAE cars. For instance, the authors in [2] proposed an experimental setup
that mimics the entire braking system of the car, including the pedal assembly. However, it
is limited to tests of the pedal assembly and the pipeline since it has a stationary brake disc.
Other authors have developed dynamic systems dedicated to FSAE vehicles by adapting a
commercial dynamometer [30] or creating a new dynamometer from scratch [3]. However,
the proposed systems are limited to braking at constant speed and pressure or according to
standard test protocols and regulations [3,30].

In other words, as far as the authors know, there are no dynamometers for FSAE
vehicles in the literature that accurately reproduce the entire braking system of the car under
real operating conditions. Accordingly, this work sets out to overcome these challenges by
creating a brake test bench that allows for earlier and more detailed testing of the brake
system for FSAE cars. More in detail, the present contribution describes a comprehensive
study on the design, development, and testing of a brake test bench tailored for Formula
SAE race cars and conceived to replicate the real-world conditions the car’s braking system
would undergo during races. The proposed brake test bench can faithfully replicate both
the entire braking system (from disc, pad, and caliper to tubing, pump, and pedal assembly)
and the real operating conditions experienced in the track. This enables the testing and
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comparison of different brake disc-caliper combinations and friction pairs under non-
standard operating conditions, such as those derived from actual track data. It can also
allow for the study of the brake system’s thermal regime under realistic operational loads,
making it possible to compare and validate analytical /numerical models (as undertaken,
for example, in [30] for a simple load history). Eventually, it permits evaluating and
verifying the structural durability and fatigue strength of new non-commercial engineering
solutions for the braking system, studying fading behavior and wear mechanisms, or
investigating the differences in pedal feedback under various loading conditions.

In what follows, a detailed examination will be given of the brake test bench’s concept,
followed by an in-depth analysis of the main components and electronic control system.
Eventually, attention will be directed towards replicating the on-track conditions on the test
bench, focusing particularly on the velocity profile and the brake disc temperature profile.

2. The Brake Test Bench: Concept and Overview

The brake test bench is a complex assembly of mechanical and electronic systems,
including moving mechanical components, a pneumatic actuation system, a powered
electrical line, and a sensor network connected to a single electronic control system running
LabView code. A schematic and essential representation of the brake test bench is shown
in Figure 1, while some images of the actual bench are provided in Figure 2.

Secondary shaft

Caliper support

Driven Pulley

Brake Caliper

Flywheels

Brake Disk

Wheel speed sensor Brake torque

load Cell

Brake line

Compressed air line

Oil pressure sensor

Load Cell

Pneumatic Actuator

Solenoid valve

Electric motor

Brake pedal

Driving Pulley

Oil pump

Figure 1. Layout of the brake test bench.
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Figure 2. The brake test bench with indications of each component and sensor along with their
location: (a) view from outside of the test rig; (b) view of the control electronics and of the workstation;
(c) view from the left side; and (d) from the right side of the bench.
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The operating principle of the brake test bench is very straightforward: a brake disc is
installed and allowed to float on a rotating shaft, which is accelerated by an electric motor
and decelerated by a brake caliper attached to the bench’s frame (Figure 1). In more detail,
the system consists of a steel tubular structure (Figure 2a) to which the rotating shaft is
attached via two ball bearings. Its rotation is permitted by a belt drive system powered by
a three-phase asynchronous electric motor (Figure 1), which is controlled by a dedicated
electronic control system (Figure 2b). The bench is equipped with a series of flywheels
(in varying numbers as needed) that accumulate kinetic energy to be dissipated during
the braking phase, simulating the vehicle’s inertia. As mentioned, this braking is made
possible by the presence of the brake caliper (Figure 2c), which is connected to the frame
and operated by a braking system with a pedal and brake pump similar to that of a real
vehicle (Figure 2d).

The concept of the main components of the bench, such as the flywheel mass and
electric motor, was aimed at replicating the most severe braking conditions encountered in
the car, i.e., in the case of the highest initial speed and deceleration. Accordingly, the first
step was to assess the maximum kinetic energy stored by the individual front wheel group,
as this is the most stressed due to load transfer:

1 2
EK,F,max = EmF,maxvmax (1)

where mg 0y is the maximum value of the car’s mass that is transferred to each front
wheel group during braking, and v,y is the maximum speed of the car. Assuming a
flat track, a symmetric car, and symmetry of loads in the pitch plane (perfectly straight
accelerations and braking), an effective estimate of mg ,,,, can be made using the model
shown in Figure 3.
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Figure 3. Schematic model of the FSAE car in the pitch plane.
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In this model, the vehicle and driver are represented by a point mass m at the overall
center of mass G. This is located at a distance b and a height /1 from the rear wheel contact
point, while the center of pressure, i.e., the point of application of the resultant aerodynamic
lift and drag forces, is at the coordinates (b,,h;). The wheelbase of the vehicle is w. The
external forces acting on the vehicle are the drag force Fp, the lift force Fy, the weight mo-g
and the forces exchanged by the tires with the ground in the pitch plane, i.e., Fxr, F;r, Fxg,
and F,r (the latter, given the symmetry of the problem, are twice the force exchanged by
each of the tires with the ground).

With reference to the schematic in Figure 3, the following motion equations can be
written [31]:

FrR+FEr—F = mtoth
Fr + Fp — myotg +F. =0 . . .
bE,R — (w—b)F,p — h(Fxr + Fg) + (h — ha) Fp — (by — b) . = Igfp + IOR £ L0,

where X is the longitudinal acceleration of the vehicle; If, Iz, and I are the moment of
inertia of the front axle, the rear axle, and the set of rotating parts belongmg to the engine

reduced to the transmission shaft, respectively, while 91:, GR, and 9 are their respective
angular accelerations. After rearranging the first two equations and substituting them into
the third, it is possible to explicitly calculate the value of the force F,p as follows:

b h h, b, - -
Fr = myot 8y~ mtotxc;* - FD* - FL* - *GF - 9R ¥ iee 3)

wherein the first term is related to the static distribution of mass, while the others are
responsible for load transfer and are non-zero only when the vehicle is in motion. More
specifically, the second is an inertial term, the third and fourth are aerodynamic contri-
butions, while the last three terms are related to the inertia of the rotating systems of
the front axle, rear axle, and engine group reduced to the shaft. Regarding the latter, it’s
important to note that its sign depends on the rotation direction of the engine, which can
be either co-rotating (+) or counter-rotating (—). If we initially ignore both the aerodynamic
contributions and those related to the rotating parts, the relationship simplifies to:

F.p :mtot'g'<'“) 4)

Therefore, the portion of the car’s mass that is transferred to each front wheel group is
half of the ratio between the force F,r and the acceleration of gravity g:

1 b h X
My = 3 Mot < - 'G) ®)

Observing Equation (5), it’s easy to see that the maximum value of vertical force on
each front wheel group occurs at maximum deceleration (Xg = X min). Then, having
known the total mass of the vehicle mot = 293 kg, along with the wheelbase w = 1535 mm,
the distance b = 752 mm, and the height & = 345 mm, telemetric data of a FSAE car was
analyzed (see Figure 4) to accurately choose the values of maximum speed and deceleration
(to be used in the calculation of kinetic energy, Equation (1)). In particular, Figure 4a
shows that the profile of the car’s longitudinal speed during a race has a maximum value
Umax = 25 m/s. Figure 4b, instead, shows the so-called g-g map, i.e., a map of the vehi-
cle’s longitudinal acceleration versus the lateral one (both normalized to the acceleration
of gravity ¢ = 9.81 m/s?). The latter allows us to identify a maximum deceleration of
XGmin = —1.5 g, which results in mp ;5 = 121 kg (~0.4-myot) and Ex p jax = 34.7 KJ.
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Figure 4. Typical track data of a FSAE car: (a) vehicle’s longitudinal speed profile and (b) map of the
vehicle’s longitudinal and lateral acceleration normalized to the acceleration of gravity.

The choice of the right motor size has been made by ensuring it delivers enough power
to accelerate the flywheel in the same way as the car accelerates the wheel assembly under
real operational conditions. An initial estimate has been made through a straightforward
energy balance equation. Essentially, if friction and other forms of energy loss are ignored,
the electric motor’s power to accelerate the flywheels from a standstill to their top speed is
the following:

AEK EK,mux

mT A T At ©

where At represents the time required to accelerate a stationary car up to 25 m/s. Thanks

to Figure 4b, an average longitudinal acceleration of XG ;. = +0.6 g, which results in

At = Uyax /XGmax = 4.2 s, has been estimated. Once inserted into Equation (6), a motor
power requirement of Py, = 9 kW has been found.

The second crucial parameter for selecting the motor is the rotation speed. As shown
in Figure 1, the brake assembly is installed on a rotating shaft whose speed is related to the
car’s maximum speed by the following relationship:

Wiax = Umax/ Re ()

thanks to which a value of wy;;y = 106.4 rad/s (two or three times smaller than the
maximum speed of a commercial dynamometer), with R, = 235 mm being the front
wheel’s effective rolling radius. Accordingly, the bench features a three-phase asynchronous
ELVEM T2H-132M4 electric motor with four poles supplied at 380 V, with a nominal power
of 9.2 kW and a nominal rotation speed of 1455 rpm, i.e., 152.4 rad/s. Then, the belt
drive system connecting the electric motor to the main shaft has been sized to ensure the
maximum shaft rotation speed is 105.8 rad/s, with the transmission ratio between the
driven and driving pulleys being T = 125 mm /180 mm = 0.694.

Finally, an estimate of the magnitude of the flywheel mass’s moment of inertia I* to
replicate the car’s kinetic energy has been made using the following relationship:

1
EK,max = E'I*'wgnax (8)

from which I* = 2EK,maxw%mx ~ 6.7 1<g~m2 has been estimated, this value being the same
as the smallest of commercial dynamometers and at least tens or even hundreds of times
smaller than their average inertia.
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The brake system of the bench can be properly sized by knowing two fundamental
parameters of the car: the maximum brake torque and brake line pressure. The maxi-
mum braking torque has been estimated by referring to the locked brake configuration,
i.e., when the tire is the pure longitudinal slip. Referring to Figure 3, the incipient slip of the
front tire is obtained when the maximum applied braking torque equals the moment gener-
ated by the maximum longitudinal force between the tire and the ground at the contact
point Fyp ax:

My max = Hx M max-§ Re )

where My, 4y is the maximum brake torque and i, ~ 1.7 is the static longitudinal friction
coefficient between tires and (dry) asphalt. For the considered test bench, a maximum
braking torque My, ;5. = 500 Nm was obtained, and a slightly higher value (600 Nm) was
adopted to size the entire system. Interestingly, the required brake torque is much smaller
than that of a commercial dynamometer. A similar conclusion can be drawn with respect
to the maximum brake line pressure p;qx since it ranges from 30 to 50 bar, while it is in the
order of 200 bar for commercial dynamometers.

3. Sensors and Control Electronics

The system is equipped with several sensors that allow for precise measurement of
the shaft’s rotation speed, the brake line pressure, the disc temperature, the pedal travel,
the pedal force, and the braking torque.

Specifically, disc temperature is measured using a Texys INFKL-800 infrared sensor,
which is installed on the brake caliper support (Figure 2c), in the same position it has on
the FSAE car. Pedal travel is measured using an Aviorace DIA9.5-50 linear potentiometer
installed next to the oil pump so as to mimic the exact pedal travel during the braking phase
(Figure 2d). The pedal force is measured by means of a custom bending ring-type strain
gage load cell (where four strain gauges are bonded to an aluminum ring and connected in
a full Wheatstone bridge configuration) that allows to measure tension-compression axial
forces up to 750 N (Figure 2d).

Finally, the most important sensor is that used to measure the braking torque. It
consists of a single-axis load cell placed between the brake caliper support and the bench
frame (see Figure 5). It must be noted that the brake caliper support is connected to the
rotating shaft through two slightly loose ball bearings (Figure 5a), which allow it to rotate
and float relative to the shaft. However, the rotary movement of the caliper support is
inhibited by the load cell, since it is fixed to the frame with a known offset from the shaft’s
axis (95 mm, as shown in Figure 5b). More specifically, the adopted load cell is a bending
ring-type strain gage load cell that is designed to work in compression (see Figure 5b) and
enables measurement of tension-compression axial forces up to £7 kN (this value being
chosen to read the maximum brake torque, i.e., 600 Nm/0.095 m).

The mechanical system and sensor network are fully interfaced and integrated into an
electronic control system based on National Instruments PXI (Figure 2b). Specifically, it
consists of a NI PXI-8106 controller with an Intel Core 2 Duo processor running Windows
XP as the operating system and is housed in an NI PXI-1052 chassis. Signal generation for
bench control and data acquisition is made possible thanks to the NI PXI-6289 M Series
multifunction I/O Data Acquisition (DAQ) device, a system equipped with various analog
and digital inputs/outputs and two counters. The physical connection of various bench
components and sensors to the DAQ is achieved through a dedicated NI SCB-68 terminal
block. The system also includes an NI SCXI 1520 module with an SCXI-1314 terminal block,
allowing the strain gage to measure the two load cells. The comprehensive management of
all sensors and components is enabled by custom LabView code specifically developed for
the system.
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Brake disk
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Figure 5. Working principle of the brake torque sensor: (a) side view of the bench with highlighted
offset between the load cell and the axis of the secondary shaft, and (b) sectional view of the caliper
support showing the ball bearing allowing its rotation.

4. Rotation Speed

Previously, it was noted that the bench has been designed to simulate braking from an
initial velocity equal to the vehicle’s maximum speed. Nevertheless, this operational mode
does not encompass the full spectrum of testing conditions to which an actual braking
system may be subjected. For this reason, the bench is equipped with a commercial three-
phase inverter, the ABB ACS355-03E-23A1-4, with a nominal power of 11 kW and an output
current of 23.1 A. It allows the variation of the motor’s rotation speed by simply increasing
or decreasing the stator field frequency that powers the motor. The power circuit of the
inverter consists of a rectifier, which converts the incoming three-phase AC into a DC
signal; a bank of capacitors in the intermediate circuit, necessary to stabilize the voltage
output from the rectifier; and an actual inverter capable of transforming the DC current
from the intermediate circuit into AC at the desired frequency. In particular, the installed
inverter allows the user to define a variable motor supply frequency (and thus its rotation
speed) different from the nominal one by means of an analog input voltage from 0 V to
10 V proportional to the desired frequency.

The rotation speed of the secondary shaft is then controlled in a closed loop with a
speed sensor placed at one end of the shaft (Figure 2d). This device is characterized by a
passive digital Hall-effect sensor A3144, fixed to the frame, and by a magnetic tone wheel,
attached to the rotating shaft. The tone wheel houses a series of neodymium magnets,
evenly spaced around the circumference, which alter the local magnetic field when passing
near the Hall effect sensor and switch its logic level from 0 V to 5 V. Eventually, the rotation
speed measurement is made possible by connecting the Hall effect sensor to a counter of
the PXI-6289 DAQ and by using the appropriate LabView code.

5. Braking System

The braking system consists of a brake disc-caliper system that can be easily replaced
and adapted to test various types of braking systems, e.g., different brake caliper or pad
compounds. The braking force is generated by a dedicated pedal assembly that has been
designed to simulate braking conditions similar to those of a Formula SAE car (Figure 6): the
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brake line is supplied by an AP Racing CP7855 brake pump (bore 14 mm), mounted through
rod-ends on a pedal assembly that simulates the vehicle’s kinematics (Figure 6a). The pedal
is moved by a pneumatic circuit (Figure 6b) that powers a CAMOZZI 60M1L040A0075
single-acting pneumatic actuator (bore 40 mm, stroke 75 mm). The actuator is equipped
with an internal spring located in front of the piston, ensuring its return to the neutral
position by simply venting the air inside the cylinder into the atmosphere after the braking
phase is completed. Like the brake pump, two hinges are used to connect the actuator
to the frame, allowing for purely axial loading. The maximum compressed air supply
pressure is set to 6 bar; this value is maintained constant by a pressure regulator valve
located immediately downstream of the connection to the supply line (Figure 6).

© Pressus fegulafor ® Compressed air 8 bar
Pneumatic Actuator Compressed air line Pressure |\
L Muffler
regulator r
6 bar
\ =l
paRAES
Elow rigulator Solenoid valve Flow regulator
Muffler

Solenoid valve

Actuator Vév%pf“:l

Figure 6. Brake pedal assembly: (a) overview of the complete assembly, and (b) schematic diagram

T-Junction Brake pedal Oil pump

of the pneumatic circuit.

The air exiting the pressure regulator passes through a normally closed, monostable
2/2 solenoid valve with pneumatic return and electronic activation (FESTO MHJ9-QS-4-MF).
Downstream from the solenoid valve, there is a “T” junction: one outlet of the junction directs
air to the pneumatic piston, while the other outlet is connected to a ball valve acting as a
flow regulator, downstream of which a muffler is mounted to vent the pressurized air into
the atmosphere. The flow regulator induces a significant pressure drop; therefore, upon
opening the solenoid valve, most of the air will flow into the pneumatic cylinder, with only a
portion venting directly into the atmosphere. By adjusting the flow regulator’s opening, the
maximum pressure achievable inside the cylinder is regulated. In the current configuration,
the flow regulator has been set so as to reach a maximum pressure within the braking circuit
of approximately 60 bar.

The solenoid valves require a variable current over time to properly operate. Specifi-
cally, they open only after a current spike of at least 1.6-1.8 A lasting about 0.5 ms. Once
opened, a much lower current value (~0.4 A) is sufficient to keep the solenoid valve open,
reducing power consumption and limiting Joule heating to acceptable levels during op-
eration. The circuit enabling this mode of powering the solenoid valve is schematically
represented in Figure 7.

The electrovalve, represented as the series of an inductor (L) and a resistor (Re = 4 (),
is connected in series with the parallel of a resistor (R, =54 () and a capacitor (C = 1000 uF)
(see Figure 7). The circuit’s terminals are then connected to a DC voltage generator
(Ve =24 V) and a main switch that allows to supply or not the solenoid valve circuit.
To better understand how it works, consider two different instants of time: in the first one,
the circuit is initially open with both the inductor and capacitor discharged and then is
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closed and supplied at V.. Otherwise, the second instant corresponds to the steady-state
condition, where the circuit is supplied at V. and both the inductor and capacitor are
fully charged.

&
)

NL
1 %]

NI
1%

Figure 7. Schematic diagram of the electronic power circuit of the solenoid valve.

In the first case, the capacitor acts as a short circuit, allowing for a high initial current
flow through the electrovalve, its magnitude being approximately Ipeak = Vec/Re =6 A.
This high current value equals the peak current required to open the solenoid valve.
Noteworthily, the description here discussed is a simplified representation of the actual
circuit behavior, which includes additional non-linearity related to the inductor’s charge,
not considered here. A moment later, the capacitor starts to charge, causing a parallel
current (initially zero) through resistor Rp. In the steady state, the charged capacitor acts as
an open switch, and the inductor acts as a short circuit. Therefore, the system simplifies to
the series of two resistors Re + Ry, =58 () supplied with a current I = Ve /(Re + Rp) = 0.41 A.
This current value, lower than the previous one due to increased circuit resistance, keeps
the electrovalve open, dissipating less power and generating less heat.

Another crucial feature of the circuit is the presence of a freewheel diode (also known
as a flyback diode and denoted as D in Figure 7). This diode is connected across the
inductor to eliminate flyback, which is a sudden spike voltage observed across an inductive
load when its supply current is abruptly interrupted. This diode also minimizes the circuit
discharge times (with a time constant 1, = L/R,) and, consequently, the switching times
of the electrovalve (it opens and closes faster). Then, the other components of the circuit in
Figure 7 are necessary to prevent the capacitor discharge phase (7¢c = Rp-C) from slowing
down the system. This includes a PNP transistor TIP34C whose base is connected to the
+V e supply, the emitter to the positive terminal of the capacitor, and the collector to the
negative one. When the whole circuit is powered, the base-emitter junction is reverse-
biased, and the transistor is turned off. Conversely, when the circuit is open, the transistor
is turned on, and a current flow is allowed between the emitter and collector. This creates a
circuit where the capacitor (charged) powers two resistors in parallel (R, and R.). However,
since R. = 2.5 () << Rp = 54 (), the overall resistance of the circuit is Riot ~ Re = 2.5 (),
so the new time constant of the capacitor discharge circuit can be roughly estimated as
T =RC < Ry-C, allowing for a much faster discharge of the circuit and, therefore, a
higher switching frequency for the electrovalve.

Now that the power section of the circuit has been clarified, it is worth noting that
the main switch of the system, which allows for interrupting the connection of the cir-
cuit to the 24 V power supply, is accomplished through a digital-type switch generated
by the main controller. Specifically, the control signal generated by the controller comes
to the power electrical circuit through a photo-coupler TPL523, a small device that en-
ables communication between two electrical systems while electrically isolating them

72



Machines 2024, 12, 135

thanks to a light signal generated by an emitting diode and detected by a receiving diode.
Once suitably conditioned and amplified, this signal allows the system to work correctly
and prevents potential overcurrent and overvoltage in the power circuit from damaging
the controller.

Finally, to continuously vary the compressed air flow into the cylinder, the elec-
trovalve’s opening is modulated with a PWM (pulse width modulation) signal, i.e., by
means of a square wave having a set frequency (50 Hz) and variable duty cycle. In the “high”
logic state, the electrovalve is powered with the maximum supply voltage (V. =24 V) and
fully opens, while in the “low” logic state, it is not powered and remains closed, blocking
the flow of compressed air to the actuator.

The control signal is generated through the second digital counter of the DAQ PXI-6289
and is managed by the NI controller with the appropriate LabView code. In particular, the
system is controlled by a PID controller that automatically adjusts the duty cycle to maintain
the desired braking force. The closed-loop control is based on the signal from a piezoelectric
membrane oil pressure transducer (Aviorace SP100-M10 x 1) located on the brake line (see
Figure 2c).

6. Testing
6.1. Operating Modes

The test bench offers various testing modes through different possible test protocols:

1. Manual. This program allows the operator to choose and vary the rotation speed and
brake system pressure in real-time within the allowable maximum values (0-90 km /h,
0-60 bar).

2. Constant Speed and Pressure Tests. The system can maintain a constant rotation speed
of the shaft and brake system pressure (in this case, the installed motor power,
i.e., 9.2 kW, which sets upper limits on usable pressure and speed).

3. Brake Ramps at Constant Speed and Set Pressure. In this case, the motor accelerates
the brake disc to reach a predetermined target speed within a set time, which is
maintained for a certain duration before turning off the motor and starting a braking
phase at constant pressure. After the braking phase, it waits for a preset time interval
and repeats the same experiment for a number of cycles chosen by the operator.

4. Track Data Reproduction. This method allows the motor to simulate inertia and the
bench to reproduce any operational condition, particularly those recorded by teleme-
try from a Formula SAE (FSAE) car during races.

6.2. Speed Profile

Focusing on the last-mentioned operating mode, i.e., that one allowing to replicate
on-track conditions on the test bench, the operator inputs to the controller a .csv file
containing 4 columns of data corresponding to time (in seconds), oil pressure (in bar),
brake disc temperature (in °C), and vehicle speed (in km/h). Then, the system reads
the .csv file and automatically replicates the entered speed, oil pressure, and disc tempera-
ture profiles. However, given the input speed profile, the actual profile replicated at the
bench is a function of the installed flywheel mass. In more detail, the maximum inertia of
the bench has been sized with respect to the most severe braking conditions, which never
happened during a race. For the same braking force, excessive flywheel inertia results in
lower deceleration compared to the input one (and vice versa, since if the flywheel inertia is
too small, the motor has not enough power to replicate the wanted speed profile). In other
words, there exists an optimum value of the flywheel inertia that allows for the proper
reproduction of the input speed profile on the test bench.

To find its value, preliminary tests can be performed by discretely varying the flywheel
mass, i.e., by removing one flywheel at a time between runs, and by comparing the speed
profile obtained for each configuration. The optimal number of flywheels is the one that
minimizes the difference between the input speed profile and that of the bench. An example
is shown in Figure 8, where the input speed and pressure profiles are depicted in black
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and red, respectively. The same figure shows the same quantities as replicated by the
test bench. In particular, the grey line represents the pressure profile generated by the
brake pedal assembly, while the other colored lines represent the bench’s speed profiles
with a different number of flywheels. Specifically, a total of 6 flywheels (five of type A
and one of type B having polar moments of inertia equal to 1.401 kg-m? and 0.272 kg-m?,
respectively) have been used in different combinations. In the specific case considered, the
optimal one consists of two type A flywheels and one flywheel of type B, the difference
between the input speed profile and the applied one being minimized during deceleration
phases (compare the black and purple lines in Figure 8). The same figure shows that a
different total number of flywheels obviously results in a higher difference between input
and measured speed profiles (compare the orange, yellow, green, and blue lines with the
black one in Figure 8), with the deceleration being less than the desired one the greater the
number of flywheels, and vice versa.
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Figure 8. Comparison between the speed profiles of a FSAE car and those effectively replicated by
the brake test bench. Different colors refer to different runs having different flywheel inertia installed.
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6.3. Cooling System

Another key aspect of the test bench is the cooling system, which can be turned off,
run continuously at maximum flow, or operated variably to ensure faithful reproduction
of a temperature profile given as an input to the main controller. In more detail, the
cooling system mimics the vehicle’s cooling conditions and consists of a SAN ACE 140
L-9LG1424P5G001 fan that directs airflow directly onto the brake disc and caliper, as
illustrated in Figure 9.

Figure 9. View of the cooling system and its position with respect to the brake disc.

It is well known that temperature is a parameter that has a huge influence on the
brake system performance [7,22,30,32], so the need for implementing a cooling system
becomes evident when observing the difference between the red temperature profile and
the black one in Figure 10. It is noticeable that the temperature profile reproduced on the
bench without the fan (no fan—red line in Figure 10) differs significantly from the one
originating on the track (black line in Figure 10), showing differences of up to approximately
120/130 °C. Noteworthily, as observed in [7,22,32], the effect of cooling air direction relative
to the brake and its distance from the rotor has a relatively low influence on the test results,
suggesting the possibility of positioning the cooling system without the need to faithfully
replicate the operational conditions of the car, where the airflows can assume complex and
difficult-to-reproduce patterns.

Accordingly, the selection of the ventilation system was made through various ex-
perimental tests, which not only helped to choose the proper fan but also identified that
variations of the airflow incidence within 0° and 45° relative to the disc have a limited influ-
ence on the thermal exchange, although its magnitude is slightly higher when positioning
the fan at 45°. The same preliminary tests also confirmed that running the fan at a constant
maximum speed during the test could result in excessive heat removal, causing the system
to be overcooled compared to the required temperature profile.

For this reason, the cooling system is supplied with variable voltage to modulate
the fan’s rotation speed (ranging from 2300 to 7500 rpm) and, consequently, adjust the
airflow. To achieve this, the fan is powered by a continuous voltage of variable magnitude
generated using a PWM signal. Modulation is made possible through closed-loop control
based on the input temperature profile, which automatically increases the rotation speed
when the temperature difference between the bench and the target value is detected and
decreases it in the opposite case. In this way, the bench can accurately track the target
temperature profile, with their difference being maintained within £15 °C, as shown in
Figure 10.
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Figure 10. Comparison between the brake disc temperature profile of a FSAE and those obtained at
the brake test bench running or not the cooling system.

7. Conclusions

This study presented the design and development of a brake test bench tailored for
Formula SAE (FSAE) race cars. The bench incorporates a rotating shaft system, pneumatic
brake pedal simulation, and an array of sensors to evaluate various brake disc-caliper
combinations and pad materials. The system’s design enables the measurement of critical
parameters such as rotation speed, braking torque, oil pressure, and disk temperature,
providing a comprehensive overview of brake performance under different conditions.
The research detailed the bench’s structure, the selection and integration of sensors, and
the control electronics, highlighting its capability to simulate on-track braking scenarios in
a controlled environment. The findings demonstrate the bench’s utility in offering precise
and repeatable testing conditions, which are crucial for analyzing the efficiency, durability,
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and safety of braking systems in FSAE race cars. While the paper primarily focuses on
the bench’s conceptualization, construction, and initial testing, the results lay a solid
groundwork for subsequent, more in-depth studies and optimizations of FSAE braking
systems. The approach and methodologies employed offer a valuable reference for similar
future endeavors aiming at enhancing performance and safety in automotive engineering.
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Abstract: In this study, the fatigue strength of polished drill pipe specimens was investigated and
compared with previous test results of corroded and not-corroded pipes. The resonant fatigue
test rig, which was designed and implemented by the University of Pisa, is initially presented by
providing a detailed description of the set-up of the machine, the calibration of the strain gauges, the
control system, and the correct identification of the vibrational node locations. A polishing rig was
also designed and put into operation to remove the corrosion pits from the outer surface of almost
the entire length of the drill pipe specimens. After the fatigue tests with the resonant rig, and the
observation of the fatigue fracture of the specimens, a few samples were extracted from different
zones (corroded and not corroded) of the failed drill pipe specimens. This allowed for investigations
to be carried out using a scanning electronic microscope. The obtained results were analyzed using
the Murakami model, and a discussion is presented about the effect of the corrosion pits on the
fatigue strength.

Keywords: resonant fatigue test rig; drill pipe specimens; polished pipes; corrosion pits; scanning
electronic mycroscope; Murakami model

1. Introduction

At present, the employment of drill strings for oil and gas extraction [1,2] and in
various scientific investigations, for example, to reach deep sub-seafloor sediments [3-5],
is widespread. The dimensions of drill strings are defined by the American Petroleum
Institute (API) standard [6], and these long tubular elements are mainly composed of drill
pipes. These latter feature two mating parts, the pin and the box tool joints, which are
connected by a threaded connection. Both the pin and the box are then composed of three
parts: the connection zone, the upset region and the pipe body. The upset region provides
a link between the connection zone and the pipe body, which has a classical cylindrical
tubular section, and can also smooth the stress concentration during the transition from the
connection zone to the pipe body. As highlighted in Refs. [7-11], the fatigue strength of
drill pipes is a widespread topic among researchers, and in Ref. [12] several factors that
could trigger the initiation of cracks are highlighted, such as the stress concentration at the
upset region and at the threaded connection zone and the effect of the corrosion pits.

Several investigations have been carried out by researchers in recent years regard-
ing the stress concentration effect provided by the threaded connection in the drill pipe.
In Ref. [13] an elastic—plastic finite element (FE) model was set up to investigate the effect
of tensile compression and bending loads on a conical threaded connection obtained by
downscaling, maintaining the same stress concentration factor, the real conical threaded
connection of the API standards. A 2D axisymmetrical model was built for the tensile
compression case, while a complete 3D model was employed for the bending loading case.
The maximum stress concentration effect was found at the root of the last engaged thread
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of the pin (LET) or at the root of the first engaged thread of the box (FET). Alternatively,
given the high computational cost of the employed FE model, a purely elastic closed-form
expression was proposed to easily compute the stress distribution at the threaded zone.
Similar analyses of the threaded connection zone were developed in other research, as in
Refs. [14-20]. In addition to the numerical investigations, researchers proposed optimized
geometrical solutions to reduce the stress concentration effects in the connection zone.
For example, in Ref. [21], FE and experimental analyses found that the maximum value of
the stress was located at the FET of the pin, so FE analyses were performed to optimize the
taper of the pin thread to reduce the stress concentration factor.

Numerical investigations were also performed regarding the upset area, as in Ref. [22],
where FE analyses of this part of the drill pipe were carried out to analyze the effects of the
wall thickness and the length of the upset transition area on the stress concentration factor.
Finally, an optimized geometrical solution of the upset area, with respect to the classical
API standard, was proposed to reduce the stress concentration factor, and it moves the
maximum stress value from the vanishing area of the internal upset taper to the external
wall. Other solutions to reduce the stress concentration effect at the upset area can be
found in the literature, as in Ref. [23]. As concerns the analysis of the upset region, another
scientific topic of interest is the erosion of the drilling fluid on the internal upset area, as
investigated in Ref. [24]. In this latter piece of research, computational fluid dynamics
simulations were performed to obtain the values of the pressure and the shear stress at the
interface between the fluid and the upset.

Finally, corrosion pits can have detrimental effects on the fatigue strength of drill
pipes [25]. In Ref. [26], the inner diameters of the drill pipe connections were coated with a
Nichel plating, and the drilling fluid had an erosive action on the protective Nichel plating,
which consequently fell off. After that, the oxygen content in the drilling fluid underwent
corrosive reactions with the steel matrix of the inner diameter by forming corrosion pits in
which the cracks started. The quantitative effects of these latter chemical reactions were
analyzed by the authors with a 3D FE model, where the stress concentration of the corrosion
pits was estimated. In addition to the oxygen, even the H,S, which typically comes from
the decomposition of sulfonated drilling fluid or from the environment where the drill
pipe is used [27], can have a detrimental effect on the fatigue strength of drill pipe steel,
as shown in Ref. [28]. In this latter, the effect of H,S on specimens made of V150 steel,
which is gaining considerable attention with respect to classical drilling steel due to its
high strength and low cost, was investigated. The authors proposed a fatigue test machine,
which allowed them to perform fatigue tests in an environment permeated by H,S, and the
obtained results clearly showed that the fatigue strength of the V150 steel was weaker when
tested in an environment with HpS with respect to the same tests carried out in air. In these
cases, the hydrogen can act in two ways: with an electrochemical reaction between the steel
and H,S or by diffusing into the metal lattice, causing hydrogen embrittlement. Similar
studies about the corrosive effect of oxygen and HjS on the fatigue strength of drill pipe
steel were performed in other research, as in Refs. [29-36] for G105, 5135, and V150 steels.
There are also other chemical elements that can have detrimental corrosive effects on the
fatigue strength of drill pipes, such as Si, Cl, Al, and Ca, as highlighted in Refs. [12,37,38].
Considering the strong effect of corrosion on drill pipes’ strength, several techniques have
been adopted by researchers over the years to prevent this phenomenon: in Ref. [39], the
authors suggested that the steel of the drill pipes should undergo heat treatment to reduce
the band structure segregation and they also suggested using drill pipes with a double
shoulder instead of those with a single shoulder. This latter was investigated by the authors
in high-salt and polysulfonate mud environments, and they observed that a liquid vortex
channel can occur at the end-face clearance area of the single shoulder, and this can enrich
the drill pipe steel with chloride ions, which can trigger the corrosion phenomenon. Some
researchers suggested moving from the use of steel to the use of aluminium alloy for the
drill pipes, as in Refs. [40—-42], where it was suggested that aluminium alloys, such as, for
example, the superficially treated 2024 aluminium alloy, could be valid alternatives to steel

80



Machines 2024, 12, 314

due to their specific strength, their lightness compared to steel, and for their resistance to
corrosion. In some situations, titanium alloys have also been promoted as good alternatives
to steel for drill pipes in horizontal wells [43].

Another challenging aspect of drill pipes is performing fatigue tests on full-scale
specimens with less energy and in a reasonable time. Quasi-static fatigue tests can be
employed to characterize the fatigue strength of drill pipes, and in Ref. [44], the authors
developed an apparatus for classical rotating bending tests. The design of the proposed
test rig was inspired by the classical rotating bending test for laboratory-scale specimens.
Quasi-static fatigue test rigs for drill pipes were also proposed in other research, as in
Refs. [45,46]. As highlighted in Ref. [47], fatigue strength analyses of complex structures
under complex loadings in a high-cycle fatigue regime could take a large amount of time
and have high energy costs; thus, resonant fatigue test rigs appear as valid alternatives.
The resonant fatigue test rig used in this research was first presented by the authors in
Ref. [48], showing two kinds of resonant fatigue test rigs. The first one is suitable for
testing short connection regions, for example, drill collars [49], and it includes two couples
of counter-rotating eccentric masses, which rotate at the same angular velocity but with
different phases. The structure operates at a frequency near to (but lower than) the first
natural frequency of the system and the specimens undergo an in-plane alternating bending
moment. The second proposed test rig is suitable for longer connection specimens, for
example, drill pipes, and it includes two fixed masses at both ends and one rotating
eccentric mass at one end. The bending moment provided by the eccentric mass is small in
modulus, but the rotating eccentric mass is spun at a slightly lower frequency than the first
natural frequency of the structure. It is important to note that the two latter resonant test
rigs are able to reproduce fully alternating loadings (R = —1), and thus with a null value
of the mean stress. The resonant fatigue test rig for long tubular structures was utilized
by the authors of this research in previous studies, as in Refs. [50,51], and in subsequent
years, some changes were proposed to improve the performance of the tests. This test
rig is similar to other testing machines, as shown in Refs. [52,53]. The principle of the
resonant fatigue test rig was that it could be used not only for drill pipe specimens but
also for other components. In Ref. [54], a resonant test rig was proposed to investigate
the fatigue behaviour of full-scale railway rails using counter-rotating eccentric masses
and springs to apply a mean stress to the tested specimens, thus obtaining a not fully
alternating load. Some other examples of fatigue resonant test rigs were proposed to test
other components in the field of mechanical and civil engineering, for example, crankshafts
in Ref. [47], cylindrical specimens made of concrete or rolled plates made of S355 structural
steel in Ref. [55], high-strength, self-compacting concrete in Ref. [56], marine risers with
flange joints in Ref. [57], and casing joints of offshore architectures in Ref. [58]. Recently,
resonant test rigs have been also used to investigate the structural behaviour of components
in the field of the renewable energies, as in Ref. [59] for wind turbine blades, in Ref. [60] for
the rotor blades of the wind turbines, and in Ref. [61] to study the bolt force relaxation in
wind towers.

Given the corrosive effect of the marine environment, the drill pipe specimens gener-
ally present several corrosion pits, as highlighted in Ref. [62]. In order to investigate the
possibility of reusing older and corroded drill pipe specimens, in this research, a novel
investigation into the fatigue strength of drill pipe specimens after a polishing operation at
the external surface was carried out. A bench to polish corroded drill pipe specimens (not
connection) made of S150 and 5140 steels was then proposed, and the resonant fatigue test
rig developed by the University of Pisa in collaboration with ACTA Srl was employed to
perform fatigue tests at alternating imposed stresses. Several aspects of the resonant test rig
are emphasized here, such as the strain gauges’ calibration, the research on the correct node
locations, and the control system that regulates the test rig during the tests. Some small
samples were then extracted from the failed drill pipe specimens, and they were analyzed
via scanning electron microscope (SEM) to better understand where the crack initiations
were located and the impact of the corrosion pits on the fatigue strength. The effect of the
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observed corrosion pits on the fatigue strength was then quantified with the Murakami
model, and a final discussion is presented.

2. Theoretical Background

In this research, the Murakami model was employed to quantify the impact of the
corrosion pits on the fatigue strength. In Ref. [63], Murakami proposed Equation (1) for a
plain specimen under a uniform remote tensile stress (¢p), to quantify the mode I threshold
stress intensity factor, and Equation (2) for the stress intensity factor. In this latter equation,
the coefficient 0.65 is valid for the surface defects. The term y/area in Equations (1) and (2)
indicates the square root of the projected area of the various defects and inclusions on
the plane perpendicular to the axial loading, as shown in Figure 1. Both Equations (1)
and (2) are only defined for symmetrical loadings (R = —1), and by combining these two
equations, paying attention to the units of measurement, as shown in [63], Equation (3) can
then be obtained. According to this equation, the fatigue limit (¢ ) linearly depends on the
Vickers hardness (Hy) of the material with the two constants 1.43 and 120. The constant
1.43 can change depending on the location of the defects, and this value is valid for surface
defects, while 1.41 and 1.56 are valid for defects in contact with the surface and internal
defects, respectively. The main concept of this model is that the fatigue limit also depends
on the term /area. Murakami [63,64] also developed an expression to make an equivalence
between the surface roughness and the term \/area to capture the impact of the surface
roughness on the fatigue strength. When the Murakami formula is employed to analyze
not-symmetrical loadings, a corrective multiplicative factor can be added to account for
the mean stress [63], and this latter can, for example, be inspired by the well-known Smith
Watson and Topper fatigue model [65-67]. In principle, in the current study, the Murakami
formula could not be applied given that the drill pipe specimens were tested at an imposed
alternating stress, which did not correspond to the fatigue limit. However, Equation (3)
can be still considered a valid indicator to quantify the impact of the corrosion pits on
the fatigue strength, which allows for comparisons between the pipe specimens and the
samples extracted from the pipes.

1/3

AKy, = 3.3 x 103(Hy + 120) (v/area) )
AKp = 0.65A00\/n7 Varea (2)
_ 143(Hy +120) 3)

Ow —
T Varea) e

area

Prop. to +/
3D defect ___fOP o Varea

Figure 1. Graphical introduction of the term \/area according to the Murakami model.
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3. Materials and Methods
3.1. Description of the Resonant Test Rig and the Tested Specimens

The resonant fatigue test rig was designed by the University of Pisa in collaboration
with ACTA Srl and is shown in Figure 2. Figure 2a represents the CAD design of the entire
test rig, while Figure 2b provides a real and almost complete overview of the test rig with
the various components. Two fixed masses were added to reduce the first natural frequency
of the tubular structure and the two supports were placed at the two corresponding nodes;
thus, they were only able to balance the weight of the drill pipe specimens. Figure 2c shows
the rotating eccentric mass at one end, driven by an asynchronous electric motor, that
rotates at a frequency close to (actually slightly lower than) the first natural frequency of
the tubular structure. This generates a rotating bending moment on the drill pipe specimen,
which does not rotate instead. The electric motor is linked to the rotating eccentric mass by
a homokinetic joint for angular and displacement misalignments. In Figure 2d, the two
lasers employed to measure the horizontal and vertical displacements at a specific location
are shown, and their role is further clarified below.

Pipe specimen under testing
(rotating deformed shape)

(a)

Test rig frame

(b) — < Undeformed
shape

= == Deformed

”~,

Pi’pwécimtiﬁ -

#Laser
instrumentation

=

cﬁf iﬁsp. e

Verti

Figure 2. (a) CAD model of the test rig, (b) overview of the resonant fatigue test rig, (c) rotating mass
during tests and (d) lasers to measure the horizontal and vertical displacements at a specific location.

The tested geometries are presented in Figure 3, and they are just two kinds of drill
pipe specimen without a connection. Drill pipe specimen 1 was made of steel grade
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5150, which provides a yield strength equal to Sy = 150 ksi (Sy = 1034 MPa) or greater,
while drill pipe specimen 2 was made of steel grade 5140 with a yield strength equal to
Sy = 140 ksi (Sy = 965 MPa) or greater. Both pipe specimen 1 and the pipe specimen 2
presented an external diameter equal to Dex; = 139.7 mm, while pipe specimen 1 presented
a thickness of approximately 12.9 mm and pipe specimen 2 presented a thickness of
approximately 10.5 mm. As shown in Figure 3a,b, strain gauges 1,2 and 3 (SG_1, SG_2 and
SG_3) were attached to three locations of the specimens to correctly monitor the applied
alternating stress, and the imposed alternating stress during the tests was 0, . = 270 MPa
in correspondence of the SG_2. This latter aspect will be clarified below. The gluing of
the strain gauges to the specimens has received attention as they could fail during the
tests, and, as shown in Figure 3a, a covering foil of soft material was used to avoid large
vibrations during the tests.

(a) Pipe Specimen 5.5x0.506", S150

2680

2120
1570

480

Fixed
masses = % Rotating
g . - - } eccentric
/ / / mass
Support SG_1 SG_2

4190

(b) Pipe Specimen 5.5x0.415", S140

2680

2120
1570

480 360

- -
Fixed
masses é — — Rotating

% /\ f /‘ f 7\ eccentric

mass
Support SG_1 SG 2 SG 3 Support
4190

Figure 3. (a) Drill pipe specimen 1, 5.5 x 0.506” and (b) drill pipe specimen 2, 5.5 x 0.415".

FE simulations of the pure modal and the harmonic response were implemented
to obtain the first natural frequency of the structure, the correct locations of the nodes,
and the evaluation of the expected stress at the strain gauge locations. Although the two
structural steels of the drill pipe specimens were different, the slight differences in the
material properties were negligible. Therefore, in all the performed FE analyses, the Young's
modulus of the material was set equal to E = 205,000 MPa, the Poisson’s ratio was set
equal to v = 0.3, and the volumetric density was set equal to p = 7860 Kg/ m3. Given that
the tests were not performed at exactly the first natural frequency of the structure, where
the internal and external dissipations can play significant roles, structural damping was
not considered in the FE simulations. The FE modal analysis of the entire structure was
useful to obtain the value of the first natural frequency of the tubular structure and the
node locations, as shown in Figure 4a. The eccentric rotating mass is represented in the FE
model by an additional cylindrical mass at one end, which includes the eccentric rotating
mass and the the bearings between the eccentric rotating mass and the pipe specimen.
Given that the pure modal analysis is an eigenvalues problem, the displacement is defined
at least of one constant, and the graphic shown in Figure 4a was obtained by imposing
the stress in the correspondence of the SG_2 equal to 7, ;¢f = 270 MPa. Given that, during
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(a)

(b)

the tests, there was a pulsating load, FE models of the harmonic response of the tubular
structure were implemented to better investigate the structural behaviour, as shown in
Figure 4b. The FE model of the harmonic response was implemented by applying a rotating

force at the location of the rotating eccentric mass. This latter force had two components:

the horizontal one was equal to Fyy = mw?Rcos(wt), while the vertical one was equal to
Fy = mw?Rsin(wt). In the two expressions of the applied rotating force, m and w are the
mass and the angular velocity of the rotating eccentric mass, respectively, while R is the
radius of the circumference described by the rotating eccentric mass. The FE simulations
of the harmonic response allowed to obtain the rotating frequency to have an alternating
stress equal to 0, ;o = 270 MPa at the location of the SG_2. The obtained value of the
frequency from the FE simulation of the harmonic response was near to (lower than) the

value of the first natural frequency of the structure extracted from the modal analysis.

In addition to this, it was found that the location of the node near the load application point
changed appreciably with respect to that obtained from the modal analysis, as shown in
Figure 4b. The support of the test rig near the eccentric rotating mass was then moved to
the location obtained from the FE analysis of the harmonic response. This latter aspect was
of fundamental importance to avoid the presence of spurious external forces during the
fatigue tests, and the two supports were then only employed to balance the weight of the
drill pipe specimen. Several other FE simulations of the harmonic response were performed
to calculate the frequency, which allowed for different and lower values of the alternating
stress to be obtained at the SG_2. The differences between the first natural frequency
obtained from the modal analysis and those obtained from the harmonic response analyses
became higher by lowering the imposed alternating stress. In addition to this, even the
discrepancies between the location of the node near the load application point obtained
from the modal analysis and the corresponding locations extracted from the harmonic
response analyses became higher by lowering the imposed alternating stress, as highlighted
in Figure 4b.

Position along the pipe (mm)

Figure 4. (a) Modal displacement at the first natural frequency of the pipe specimen and (b) displace-
ments obtained with the harmonic response analysis by varying the imposed frequency and, in turn,
the alternating stress amplitude.
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3.2. Strain Gauges and Lasers Calibrations

The use of the strain gauges during the tests was of fundamental importance to record
the alternating stress at specific locations in the drill pipe specimens. A static vertical load
was applied by a hydraulic actuator at the point approximately located in the middle of the
specimen, as highlighted in Figure 5a. The voltage signals indicated by the strain gauges
were recorded and the nominal stress values at the strain gauges” locations were calculated
by the beam theory, as shown in Figure 5b. Finally, the ratios between the nominal stress
values and the voltage signals were calculated. In addition to this, the adequate calibration
of the load cell at the end of the hydraulic actuator was verified to ensure its proper
functioning. The vertical displacement of the load application point was calculated for a
given load by using the classical Mohr integral, and it was also measured by the use of
a comparator, as shown in Figure 5a. The two obtained results were very similar, thus
confirming the proper functioning of the load cell.

@

Mechanical comparator to
measure the displacement 0
at the application point of
the static load

(b)

Bending moment
distribution

------- Deformed shape

Figure 5. (a) Strain gauges’ calibration and the use of a comparator to measure the displacement in
accordance with the load application point and (b) beam scheme for strain gauges’ calibration.

The proper calibration of the strain gauges was also essential for the correct functioning
of the control system beyond the test rig. The pipe specimens were tested under an imposed
alternating stress equal to 0, ;o = 270 MPa at the SG_2 of Figure 3a,b, while the expected
stress at the SG_1 and SG_3 was approximately equal to 90% of ¢, ;f. To accomplish
this, a control system was necessary to reach and maintain the imposed level of stress.
The voltage signal recorded from the SG_2 was converted into a stress value through
the previously calculated scale factor, and it was then compared with the reference value
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of 0, ref; thus, the error e between the value of the stress obtained through the strain
gauges and the corresponding reference value was obtained. The obtained value of e was
employed in a proportional integrative control where the output quantity was represented
by a pulse-width modulation (digital) voltage signal, which was then converted into an
averaged voltage signal (analog), and this latter became the input quantity of the inverter.
The inverter output quantity was an alternating power current with a frequency f, which
powered the electric asynchronous motor. The excitation frequency of the eccentric rotating
mass was then f/ = kf, given that the electric asynchronous motor scaled the input
frequency f through the sliding factor k. Regardless of all the precautions taken during the
gluing of the strain gauges, these latter may fail during the tests, and the voltage signal
can then be recorded from one of the other strain gauges that did not fail, for example,
the SG_1 and SG_3. The lasers can also be considered a valid alternative to the use of
the strain gauges to control the imposed alternating stress during the tests after the stress
amplitude is correctly imposed. During the initial phase of the tests, the alternating stress is
controlled with the strain gauges up to the value of ¢, ,cf, and the displacement amplitude
0Oy ref Telated to the lasers’ application point is initially recorded. The value of §, ,f can
be then assumed as the target displacement amplitude that should be maintained during
the test. In case of failure of the strain gauges, the value of the displacement at the laser
location can be compared with the value of J, e, and then the error e is found for the
proportional integrative control. It should be noted that even if the quantity &, ,.f measured
by the lasers may be slightly incorrect, or does not perfectly match the FE simulation, it
does not represent a problem for the control system given that it is calibrated with respect
to the alternating stress during the initial phase.

3.3. Test Rig for the Polishing Operations

In this research, the fatigue behaviour of polished drill pipe specimens was investi-
gated. In particular, a polishing test rig was developed, as shown in Figure 6, to polish the
external and corroded surface of the specimens. As shown in Figure 6a, a slow-rotation
electric motor powered a self-centering chuck, which allowed for the specimens to be
rotated along their longitudinal axis, as shown in Figure 6b. While rotating, the speci-
mens underwent polishing operations via grinding. As indicated in Figure 6b, only small
portions of the the extremities of the specimen remained unpolished, and these zones
were needed to compare the surface morphology of the polished zones with the surface
morphology of the corroded zones. The polishing operation consisted of three different
phases, as shown in Figure 7, which are listed below:

e A first coarse grinding (Figure 7a).
® A second coarse polishing (Figure 7b).
¢ A final fine polishing (Figure 7c).

The technical data about the rotational speeds of the grinding wheel and the specimens
to be polished and the dimensions of the diameters of the grinding wheels are reported
in Table 1. The entire polishing operation for each pipe specimen was considered to be
completed when the value of R;, obtained by means of a portable roughness tester, was
equal to or less than 0.4 um over almost all the polished region’s length. The roughness
of 0.4 um is generally considered a reference value for a well-performed grinding process.
In specimen 1, the value of R, along the entire length of the polished region was even
lower than 0.2 um, while in specimen 2 the value of R, in the polished region was higher
than that of the specimen 1; however, in any case, it was lower than 0.4 pm over almost
all the polished region’s length. As discussed in the following sections, the drill pipe
specimen 2 featured several residual corrosion pits, which were too deep to be removed
with a polishing operation of this kind.
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Figure 6. (a) Test rig for polishing operations and (b) pipe specimens on the test rig for polishing op-
eration.
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Figure 7. Steps during polishing operations: (a) coarse grinding, (b) coarse polishing, and (c) fine pol-
ishing.

Table 1. Significant technical data of the polishing operations.

Step of the Polishing Grinding Wheel Pipe Specimen’s Grinding Wheel
Operation Rotational Speed Rotational Speed Diameter
(rpm) (rpm) (mm)

First step .(coarse 5000 60 150
grinding

Second step (coarse 8000-10,000 60 100
polishing)

Third .ste.p (fine 5000 60 125
polishing)

4. Results

4.1. Fatigue Strength Results and Crack Location Analyses

The fatigue test results of the polished pipe specimens in terms of stress amplitude
and number of cycles to failure are reported in Figure 8, along with those of our previous
research [50] for a direct comparison. Pipe specimen 1 failed after Ny = 134,300 cycles and
at a stress amplitude o, = 260 MPa, while pipe specimen 2 failed after Ny = 162,600 cycles
and at a stress amplitude 0, = 268 MPa. The imposed alternating stress in both tests
was 0, ref = 270 MPa. Among the specimens of the same group, the dispersion of the
points of Figure 8 can be motivated by considering the quite large dimensions of the
tested specimens compared to the laboratory scale specimens. As highlighted in Figure 8,
the number of cycles to failure for these polished specimens was higher than the average
value of the corroded pipe specimens of the experiment described in Ref. [50]. However,
the number of cycles to failure of these polished pipes was lower than the average value of
the not-corroded pipes, again reported in Ref. [50]. This could be because the not-corroded
drill pipe specimens were new; thus, both the inner and the outer surfaces were free of
corrosion marks.

The crack location of the specimen 1 was found approximately in the middle of the
specimen, as indicated in Figure 9a. The specimen region containing the crack location was
extracted from the entire specimen via cutting, and it was evident that the crack initiated
from the inner (not polished) diameter, as shown in Figure 9b. On the contrary, the crack
location of pipe specimen 2 was not exactly in the middle of the specimen, while it started

88



Machines 2024, 12, 314

near SG_3, as highlighted in Figure 10. In addition, the crack of pipe specimen 2 nucleated
from the outer diameter, despite its being polished. To better investigate the role and the
impact of the corrosion pits on the fatigue strength, several samples were extracted from
specimens 1 and 2 to perform several observations using SEM. The samples extracted from
specimen 1 are outlined in Figure 11: sample 1A was obtained from the corroded and
unpolished zone, while sample 1B was extracted at the crack nucleation zone. The surface
dimensions of both samples 1A and 1B were approximately equal to 50 x 10 mm. Other
samples were also extracted from specimen 2, as shown in Figure 12: sample 2A was
obtained from the corroded and unpolished zone, while samples 2B, 2C, and 2D were
extracted at the crack nucleation zone. In particular, two nucleation sites were observed
for specimen 2: the primary was found at sample 2B, while the secondary site was found
where the 2D sample was extracted. The surface dimensions of samples 2A, 2B, and 2C
were again equal to 50 x 10 mm, while the surface dimensions of sample 2D were smaller
and approximately equal to 15 x 10 mm.

350 " ———————
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300 - o P¥% Pipe 2 |
o ° .. &
o 0@ °
£ 250 "‘3"'..0‘0
L M ®

=
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o 200F .
]
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R

50 @ Previous tests corroded, Santus et al. 2020 4

O Previous tests not corroded, Santus et al. 2020
® Polished pipe specimens

10° 10
Number of cycles to failure, N;

Figure 8. Fatigue test results of the present campaign compared with those of previous test series,
including corroded and not-corroded pipes of a similar type [50].
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Figure 9. Analysis of the crack nucleation of pipe specimen 1: (a) location of the crack and (b) extracted
part located at the crack nucleation zone.
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Figure 10. Analysis and location of the crack nucleation of pipe specimen 2
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Figure 12. Extraction of the samples from the polished and corroded zones of pipe specimen 2.
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4.2. Performed Investigations with the SEM

Before performing the SEM investigations, the samples were first cleaned in an ultra-
sonic bath to remove any residual grease or dirt. After that, the surfaces to be observed
were polished using different grades of polishing papers up to grit 1200, and were then
finally polished by using 1 pm diamond paste. Samples 1A and 1B were analyzed at both
the inner diameter and the outer diameter, as shown in Figures 13 and 14. Samples 2A
and 2C of the pipe specimen 2 were scanned at both the inner and the outer diameters, as
shown in Figure 15, while samples 2B and 2D were only scanned near the crack location
zone, which was at the outer diameter, as noted previously.

T (b) e v Tnner diameter

Outer diameter

Figure 13. SEM investigations of drill pipe specimen 1, not at the crack location zone: (a) sample
1A, scanned at the outer diameter; (b) sample 1A, scanned at the inner diameter; and (c) sample 1B,
scanned at the outer diameter.

Figure 14. SEM investigations of the drill pipe specimen 1 at the crack location zone: (a) sample 1B,
scanned at the inner diameter, and (b) zoom of sample 1B, scanned at the inner diameter.

Several observations were made of the extracted samples from specimens 1 and
2, and those reported in Figures 13-16 correspond to the largest obtained area of the
corrosion pits for each kind of sample and location. The obtained numerical results of
the parameter y/area for all the investigated samples and for the different locations are
reported in Table 2. The values of this parameter for samples 1B and 2C at the outer
diameter were not reported as, due to the polishing operation, no evident corrosion pits
were found at the outer diameter, and this is evident in Figures 13c and 15c. In order to
apply Equation (3), the Vickers hardness was measured with an AFFRI hardness tester
where a load of 10 kg was applied for a duration of 10 s. The obtained Vickers hardness
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values were Hy = 378 HV and Hy = 351 HV for drill pipe specimens 1 and 2, respectively.
The obtained values of the Vickers hardness are similar, and they are also consistent with
the fact that the pipe specimen 1 was made of S150 (Sy = 1034 MPa or grater) while the pipe
specimen 2 was made of 5140 (Sy = 965 MPa or grater); thus, the first specimen accordingly
had a (slightly) higher Vickers hardness than the other one. After that, Equation (3) was
applied, and the obtained results are reported in Table 2.

. an®. (b) E

£

302 im

211 pme:

Figure 15. SEM investigations of drill pipe specimen 2, not at the crack location zone: (a) sample
2A, observed at the outer diameter; (b) sample 2A, observed at the inner diameter; (c) sample 2C,
observed at the outer diameter; and (d) sample 2C, observed at the inner diameter.

Zoom of the crack

Outer diameter

1mm

Figure 16. SEM investigations of drill pipe specimen 2 at the crack location zone: (a) sample 2B,
observed at the outer diameter; (b) zoom of sample 2B, observed at the outer diameter; (c) sample 2D,
observed at the outer diameter; and (d) zoom of sample 2D, observed at the outer diameter.
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Table 2. Obtained values of the Murakami parameter \/area and of oy.

Sample Number Location v/ area (mm) oy (MPa)
Sample 1A outer diameter 0.263 281
Sample 1A inner diameter 1.28 216
Sample 1B outer diameter — —
Sample 1B inner diameter 0.463 256
Sample 2A outer diameter 0.333 256
Sample 2A inner diameter 0.632 230
Sample 2B outer diameter 0.327 257
Sample 2C outer diameter — —
Sample 2C inner diameter 0.349 254
Sample 2D outer diameter 0.361 252

The values of o at the inner diameter are always lower than the corresponding
values obtained at the outer diameter. This is quite obvious for the samples extracted
from the polishing zones but is also true for the samples extracted from the corroded
zones. The crack location of specimen 1 was at the inner surface of sample 1B, which was
located in the middle of the specimen and thus experienced the maximum bending moment.
The obtained value of oy, at the inner surface of sample 1B is lower than that expected at
the outer surface, which was not calculated since there was no evident defect. This latter,
despite the gradient stress distribution from the external to the internal surface, justifies
the failure at the inner diameter. The obtained values of ¢y, for samples 2B and 2D at the
outer diameter are similar to the corresponding value obtained at the inner diameter of
sample 2C. For this reason, and considering the gradient stress distribution due to bending,
the initiation at the outer diameter of samples 2B and 2D is acceptable. As previously
shown in Figure 12, deeper corrosion pits were found in the outer surface of specimen 2,
and they were not completely removed after the polishing operation. The failure of pipe
specimen 2 was located near the SG_3; thus, the combination of a bending moment near to
the maximum (90%) and the consistent dimensions of the corrosion pits led to failure.

5. Conclusions

In this research, the fatigue strength of polished drill pipe specimens made of 5150 and
5140 steel was investigated. The polishing operations of the specimens at the outer diameter
were performed with a rig designed and commissioned for this purpose. The polished
specimens were then tested, at an imposed alternating stress (0, yef = 270 MPa), by means
of the resonant test rig designed and implemented by the University of Pisa in collaboration
with ACTA Srl. After the tests, some samples were then extracted from the specimens at
different locations and were observed via SEM. In order to investigate the effects of the
corrosion pits on the fatigue strength, the latter were then analysed with the Murakami
model, which allowed for their impact on the fatigue strength to be quantified. After that,
quantitative comparisons were made of the different samples, and the main findings of the
study are reported below.

The FE modal analysis was initially performed to identify the node locations and
the first natural frequency of the specimen tubular structure. After that, an FE model of
the harmonic response was performed to extract the frequency which allowed to obtain
the imposed value of the alternating stress in correspondence of the central strain gauge.
As expected, the obtained value of this frequency was very close (but lower) to the corre-
sponding value of the first natural frequency. However, the position of the node near the
eccentric rotating mass changed appreciably with respect to that extracted from the modal
analysis. As a consequence of this, FE simulations of the harmonic response are necessary
to obtain the correct locations of the nodes during the tests.

The combination of corrosion pits and the high bending moment has a strong influence
on the fatigue strength of the drill pipes and their crack initiation location. Regarding the
sample extracted at the crack location zone of the pipe specimen 1, the calculated value of
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parameter oy, with the Murakami model, at the inner surface is lower than the expected
value of oy, at the outer surface, which could not be calculated since there was no evident
defect in this region. This latter, despite the stress gradient from the outer to the inner
diameter, justifies the nucleation of the crack at the inner diameter. On the other hand,
the scans performed with the SEM on the samples extracted at the crack location zone
of specimen 2 revealed that several corrosion pits were still found, despite the polishing,
at the outer diameter; thus, similar values of oy, were obtained between the inner and
outer surfaces. Considering the gradient stress distribution, specimen 2 failed at the outer
diameter and near the SG_3, where the imposed alternating stress was approximately
equal to 90% of the maximum alternating stress at the middle of the specimen; thus, the
crack nucleation was driven by a synergistic combination of the corrosion pits and the high
bending moment near to the maximum.

The results of the fatigue tests showed that the numbers of cycles to failure of the
polished drill pipe specimens were higher than the average value of the corroded drill pipe
specimens of previous research by the authors in Ref. [50], thus confirming the good impact
of the polishing operation on the fatigue strength. However, the number of cycles to failure
of the polished drill pipe specimens is lower than the average value of the not-corroded
specimens presented in Ref. [50]. This can be easily explained by the fact that the specimens
in this research were only polished at the outer diameter, while the not-corroded specimens
had no defects at both the outer and at the inner diameters. According to this latter finding,
the investigation into the fatigue strength of drill pipe specimens polished at both the inner
and at the outer diameters could be a valid target for future research.
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Abbreviations

The following abbreviations are used in this manuscript:

API American petroleum institute

FE Finite element

LET  Last engaged thread

FET  First engaged thread

SG_1 Strain gauge 1

SG_2  Strain gauge 2

SG_3 Strain gauge 3

SEM  Scanning electronic mycroscope
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Abstract: This paper primarily investigates the mechanism of bolt loosening under the
Sine-on-Random (SOR) vibration excitation. Firstly, a theoretical model of bolt loosening
response under the SOR synthesized excitation is established by a time—frequency con-
version method, which converts the sine excitation into Power Spectrum Density (PSD)
expression in the frequency domain and superimposes it with random vibration excitation
to obtain the SOR synthesized excitation spectrum. Then, by means of a four-bolt fastened
structure, the bolt loosening mechanisms under both the sine and random vibration excita-
tion are deeply studied, respectively. Ultimately, based on the time—frequency conversion
method of SOR synthesized excitation, the bolt loosening responses of the structure under
SOR excitation with different tightening torques are analyzed. Furthermore, a three-stage
criterion including the Steady Stage, Transition Stage, and Loosen Stage for bolt loosen-
ing under SOR excitation is revealed, and the relationship among the SOR synthesized
vibration responses and the two forms of single vibration responses is explored based on a
corrective energy superposition method by introducing the weight factors of the two single
vibration responses under different tightening torques. Finally, test verifications for the
four-bolt fastened structure are conducted and good consistencies with the results of the
Finite Element Analysis (FEA) are shown. This study provides valuable insights into the
detection and prevention of loosening in bolted connection structures under multi-source
vibration environments and has important engineering reference significance.

Keywords: bolt loosening; sine-on-random vibration; energy superposition method; strain
monitoring; vibration test

1. Introduction

The threaded connection structure has advantages of easy installation, conciseness,
small size, etc., which make it one of the most widely used and important connection
methods in practical engineering [1,2]. In many megaprojects such as aerospace, railways,
bridges, etc., bolt connection failure is an important factor leading to structural safety haz-
ards and accidents. High-strength fasteners play a critical role in carrying and transmitting
loads, and their failure may cause structural detachment, component loosening, and other
hazards, leading to major accidents. It is of great significance to investigate the mechanism
of bolt loosening under vibration [34].

In the last century, scholars have conducted research on the causes and theories of bolt
loosening. In 1969, the German engineer Junker [5] designed a reciprocating displacement
vibrostand to study the phenomenon of bolt loosening and found that the main factor of
bolt loosening was transverse vibration excitation, which was widely recognized by many
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scholars in recent years [6-8]. In 1978, Sakai [9] reported that when the sliding torque of
the bolt head is greater than the sliding torque of the threaded surfaces, the bolt will loosen.
In 1997, Zadoks [10] conducted an experiment and found that the micro slip between the
clamping parts and bolts was the main cause of bolt loosening. Hess et al. [11] established
a three-dimensional finite element model and provided a new method to analyze the
loosening of bolts by FEA. Otter et al. [12] used different materials for bolts and connected
parts and found that the influence of the structural material on bolt loosening was also
obvious. Li et al. [13] proposed that bolt loosening could be categorized as either bolt head
loosening or nut loosening by investigating the process of bolt loosening.

One of the important research directions is the study of different vibration excitation
forms that cause bolt loosening [14]. In practical engineering, bolts are usually subjected
to both sine and random vibration excitations simultaneously [15]. For example, dur-
ing the running of aerospace vehicles or automobiles, the system is not only subject to
periodic vibrations from the engine but also encounters random vibration sources such
as environmental noise or external disturbances [16]. The superposition effect of SOR
excitation may exacerbate the occurrence of bolt loosening, especially under the interac-
tion of high-frequency sine vibration and low-frequency random vibration, making the
system response more complex and the loosening process of bolts more difficult to predict.
Therefore, studying the bolt loosening mechanism under SOR excitation is not only of
great significance for improving the reliability and safety of structures, but is also crucial
for the development of related detection and prevention technologies. Kihma et al. [17]
derived a statistical rain flow cycle histogram from the SOR spectrum of the test stress
data, and then used the appropriate material fatigue curve to obtain the estimated life.
Cornelis et al. [18] proposed a “Mission Synthesis” method to establish the corresponding
SOR power spectrum based on fatigue damage equivalence. Brown et al. [19] examined
the percentile of the Cumulative Distribution Function (CDF) obtained by integrating the
joint probability density functions of sine and random components. These studies provide
some inspiration for the SOR vibration excitation processing method in this study.

At present, there are in-depth studies on bolt loosening under independent excitation
of sine or random vibrations from multiple perspectives in the existing literature [20-23].
However, there is no research on bolt loosening under SOR vibration excitation. Currently,
studies on SOR vibration are mainly focused on structural fatigue analysis. Firstly, by
combining theoretical derivation and simulation analysis, the bolt loosening mechanism
under SOR vibration excitation is studied by using a time—frequency conversion method.
Then, a corrective energy superposition method introducing weight factors ar, and b, is
proposed, which reveals the relationship between the SOR synthesized vibration response
and the individual sine or random vibration response. Finally, the effectiveness of FEA is
verified through a series of vibration tests on a four-bolt fastened structure.

The summaries of the sections are as follows.

In Section 2, the relationship between SOR vibration excitation and linear system
response is established, which provides a theoretical basis for investigating bolt loosening
under SOR excitation.

In Section 3, for a four-bolt fastened structure model, the strain responses of moni-
tored points of bolt loosening under sine and random vibration excitations with different
tightening torques are analyzed by FEA.

In Section 4, a frequency-domain SOR vibration analysis method is proposed by syn-
thesizing the sine vibration and random vibration excitation in Section 3, and the responses
of the four-bolt structure monitored points are analyzed under SOR vibration excitation.
Furthermore, the response results of monitored points under SOR synthesized excitation
and independent sine and random vibration excitation are compared and analyzed, and
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a relationship model of the SOR synthesized vibration response and two forms of single
vibration responses based on energy superposition method is established.

In Section 5, sine and random vibration tests are conducted to verify the FEA results
with the same four-bolt fastened structure. It is found that the statistical analysis of
the structural test data has good consistency with that of the FEA, which proves the
effectiveness of FEA and the feasibility of the proposed method.

2. Theoretical Model of System Response Under SOR
Synthesized Excitation

This section establishes theoretical models for the displacement response of a Multi-
Degree-of-Freedom (MDOF) system under three different vibration excitation forms. The
three types of vibration excitation are sine vibration, random vibration, and SOR vibra-
tion synthesized excitation. Then, the relationship between displacement responses of
MDOF and structural strain is pointed out, providing a basis for the strain-based implicit
monitoring method of bolt loosening.

2.1. Displacement Response of the MDOF System Under Sine Vibration Base Excitation

Bolt loosening is evaluated through the strain responses of monitored points of the
structure in this study. To achieve this, a structural theoretical model of responses under
SOR vibration excitation is established.

The vibration differential equation for the MDOF system with vibration base displace-
ment excitation is [24]

Mx + Cx + Kx = —My(t) 1)

where M is the system mass matrix; C is the damping coefficient matrix; K is the system
stiffness matrix; x is the displacement vector of the system; —My(t) is the equivalent inertial
force vector caused by base displacement excitation; y(t) is the expression of the vibration
base displacement excitation.

In practical vibration engineering such as aviation, aerospace, navigation, and vehicles,
Equation (1) is often used to describe the structural vibration caused by the motion of the
carrier foundation.

Supposing the base displacement excitation in sine form, it can be expressed as

ySine(t) = ASine Sin(wSinet> (2)

where Agj,, is the amplitude of sinusoidal displacement excitation; wg;,, = 27f is the
angular frequency of sine displacement excitation.

According to Equation (2), the acceleration expression of the base displacement excita-
tion of sine vibration should be

5ine (1) = Vgine (F) = —AineWiine Sin(Wsinet) (3)

According to the assumption of proportional damping, the eigenvectors of the system
can be solved regardless of the damping term [25]. The eigenvalue equation of Equation (1) is

(K—w?M)b; =0, i=12-,n 4)

where w; is the i-th natural frequency of the system; ¢); is the corresponding modal vector;
n is the number of degrees of freedom.

We introduce a generalized coordinate vector q via coordinate transformation x = ®q,
where ® = [Py, by, ..., d,] is the modal matrix of the system. By substituting Equation (4)
and the generalized coordinate vector q into Equation (1) and left-multiplying @7 into the
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equation of motion, the equation of motion for each mode of the system can be written
as [24]
q; +20wiq; + wiq; = —pIMi(t),  i=12,--,n 5)

where (; is the damping ratio of the i-th mode of the system.
For a system with zero initial conditions, according to Equations (3)—(5), its steady-state
response under vibration base excitation is [26]

x=Y &;q; =) ;A sin(wWsinet + ¢;) (6)
=1

i=1
where the amplitude and phase are

A' _ Asi’lt’w%ing
L \/ 2 2 V2 2
(w,' —WS,-M) +(20iwiwsine) (7)
2gzwzw51ne

7w51ne

@; = arctan

It can be observed that the displacement response of a system under only sine vibration
excitation is influenced not only by the system’s own properties such as natural frequency
wj, damping ratio {;, and system stiffness matrix K, but also by the amplitude Ag;,, and
frequency wgiy, of the sine excitation.

2.2. Displacement RMS Response of the MDOF System Under Random Vibration Base Excitation

For random vibration excitation, frequency-domain analysis is usually required. In
Equation (5), y(t) is the base acceleration excitation of random vibration. Assuming y(t) is
a generalized stationary process, it is described by the acceleration PSD S, g4 (w).

The frequency-domain generalized coordinate response of the system can be indicated
as [27]

Qi(w> = Hi(w)sa_Rand (w) 8

where Q;(w) is the Fourier transform of the generalized coordinate response q;(t); the
frequency response function is

1
C W — W 2wiw

H;(w) )

The acceleration PSD S, g,,4(w) of random vibration excitation represents the energy
density of each frequency component in the frequency domain. According to Equation (8),
the displacement response PSD S; rquq(w) of generalized coordinates can be obtained [27]

Sqi_Rand (w) = |Hi(w) |zsa_Rand (w) (10)

where the square of the modulus of H;(w) is

H; 2 _ 11
e (w? = w?)* + (2fiwiw)’ )

According to Equation (6), the total displacement response x of the system is the sum
of the modal responses of each order. q; is an uncorrelated random process; the total
displacement response PSD S, r,4(w) is the sum of the power spectral densities of each
mode [26]:

x Rand 2 |q)z qi_ Rand ) (12)
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The response of the system under base random excitation is random, so the statistical
average energy of the system response, i.e., the RMS values, can be used to represent the
response. The RMS of the displacement response x can be obtained by integrating and
taking the root of the displacement response PSD S, g,,4(w) in the frequency domain [26]:

RMSx_Rund = \//O Sx_Rﬂnd(‘*])dw (13)

According to Equations (8)—(13), the displacement response of this system under
random vibration excitation is not only related to the system’s mass matrix M, stiffness
matrix K, and damping ratio {;, but also to the excitation PSD S, g;,4(w).

2.3. Strain RMS Response of the MDOF System Under Base SOR Excitation

After theoretical analysis of the displacement response of the MDOF system under sine
and random vibration excitation, respectively, its response under SOR vibration synthesized
excitation could be further analyzed.

Due to the fact that the sine vibration response is solved in the time domain, while
the random vibration response is solved in the frequency domain, it is rather difficult to
find the relationship between the SOR vibration response and individual sine and random
vibration responses. Therefore, a frequency-domain analysis method is proposed, which
converts sine vibration displacement excitation in the time domain into a frequency-domain
acceleration PSD expression and superimposes it with random vibration excitation PSD to
obtain the acceleration PSD under the SOR synthesized excitation. The advantage of this
method is that it utilizes the mode-superposition method to achieve better computational
accuracy in the frequency-domain analysis of the structure.

The time—frequency conversion method used in this study assumes that the RMS
value of the excitation acceleration is one of the conditions for energy equivalence, which
means the frequency domain PSD acceleration RMS values match the acceleration RMS
values of the sine vibration excitation in the time domain. The relationship between the
sine excitation acceleration RMS and its PSD spectrum is [26]

RMSa_Sine = \//O Sa_Sine(w)dw (14)

The RMS value of the acceleration of the sine excitation is called the effective value
of the signal, which is 1/ /2 times the amplitude of the sine excitation acceleration [28].
According to Equation (3), the acceleration RMS of the sine vibration excitation is
Asmfwéine

V2

Converting the sine vibration displacement excitation into acceleration PSD in the

RMSa_Sine - (15)

frequency domain, theoretically it represents a spectral value corresponding to a single
frequency point in the PSD:

2
A Si wz‘

Sa_sine(w) = %5@0 — Wsine) (16)
where J(x) represents the Dirac delta function [29], which is widely used to express the
“Concentration” effect. It has two fundamental properties: é(x) is zero outside of x = 0;
[ 8(x)dx = 1. These two fundamental properties enable it to effectively express the PSD
components of sine signals without considering phase.
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In practical applications, it is impossible to achieve infinite excitation at a single fre-
quency, and the spectral lines in the excitation PSD need to have continuity and integrability.
Therefore, other functions need to be used to approximate the Dirac function. According
to Equation (16), the trigonometric function is used to approximate the expression of sine
excitation in the PSD.

2
_ (Asmewéine) L[ W= Wsine
Sa_SH’lE’(w) - 27‘(Af tri 7TAf (17)

where Af is the bandwidth of the sine function in the PSD that approximates a triangle; the
function tri(x) is a triangular pulse function [30], defined as

1—1x|, x| <1

tri(x) =
) 0, |x] >1

(18)

at the sine excitation frequency wgj,., and the spectral line inside is an impulse triangle,
while the spectral values in other frequency bands are zero.

Therefore, the sine excitation and the random excitation PSD can be superimposed
in the frequency domain to solve the response of the SOR synthesized excitation PSD.
According to Equations (10), (12) and (13), the displacement response RMS of the system
under the SOR synthesized excitation in the frequency domain can be obtained:

RMS, sor = \//o Y. | |* | Hi(w)]*S,_sor (w)dew (19)
i3

The expression of the SOR synthesized excitation in frequency-domain analysis in-
volves a spike representing sine excitation on the basis of random vibration excitation, so
the SOR synthesized excitation PSD can be expressed by

Sa_SOR (w) = Sa_Sine (“J) + S{LRand (w) (20)

Combining Equations (19) and (20), the relationship between the displacement re-
sponse RMS, sor of the system under the SOR synthesized excitation, the displacement
response RMS, siy. psp of sine excitation in spectral conversion, and the RMS, g4 of
random excitation can be obtained:

0 n
RMS, sor —\/fo ‘Zl|¢i|2|Hi(w)‘zsa,SOR(w)dw
=

p (21)
= \/ I3 X 10il? Hico) P (Su_sine(@) + Su_rana (0))dew

Based on the obtained displacement response under SOR vibration excitation, the
strain response of the MDOF system can be solved. For the MDOF system, the strain
between two points a and 8 can be expressed as [31]

Eap = \/s%,ﬂﬂ + s%aﬁ + S%Uaﬁ (22)
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where Eitggr €0y and €,y aTE the components of strain between two points in the u, v, and
w directions, respectively, which can be defined as

B (”ﬁ_u“)_D”aﬁ
fup = T Duy
(v[;—va)—Dv 8
vazﬁ = Taﬁ'x (23)
e o (wﬁ_w”‘)_Dwa/j
Wap lexﬁ

where 1, v, and w are the orthogonal displacement response components of the system
response x at point & or f; D_, is the component of the initial distance between the two
points & and f in one direction among the u, v, and w directions.

The strain PSD components between two points « and f in three directions can be
expressed as [32]

St ity () = 53— (Suaa (@) + Sugs () — 2Re{ Sy () })

Se .5 () = Dlz (Sous (@) + Sug (@) —2Re Sy, (w) } ) 24)
S+ (@) = (Stas (@) + Sugy (@) — 2Re{Su s (w) } )

where Sy, (w) and Sgg(w) are the displacement response self-PSD of « and B in one
direction among the u, v, and w directions, respectively; S,p(w) is the cross-PSD between a
and B; Re{-} represents taking the real part of the cross-PSD.

According to Equations (13), (22) and (24), the strain response RMS between points «

and B is
RMSglxﬁ — \/fooo Sgtxﬁ(w)dw
_ \/ I (sg_ua 3(@) 4 Se oy (@) + Se g (w))dw

Thus, the strain response RMS values of the MDOF system under SOR synthesized
excitation are obtained.

(25)

3. Analysis of Bolt Loosening Mechanism Under Sine or Random
Vibration Excitation

One of the main failure modes of bolted connection structures is loosening failure, and
one of the main causes of bolt loosening failure is the influence of reciprocating vibration on
the structure [33]. The study of bolt loosening failure under vibration excitation is usually
sine vibration at a lower frequency, while there is a lack of research on higher frequency
sine vibration and random vibration excitation.

Taking a four-bolt fastened structure as an example in this paper, the strain re-
sponses of the monitored points near the bolts under sine and random vibration exci-
tations are analyzed independently to explore the mechanism of bolt loosening in complex
vibration environments.

3.1. FEA Modeling and Modal Analysis for the Four-Bolt Fastened Structure
3.1.1. FEA Modeling for the Four-Bolt Fastened Structure

The four-bolt fastened structure is modeled with the modeling software SolidWorks
2016, as shown in Figure 1, which includes a disc-shaped base with 28 M8 thread holes
distributed on the inner and outer circumferences, where 12 inner holes are used to connect
the base and vibrostand, and 16 outer holes are used to connect the base and fixture, which
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is a special-shaped fixture composed of two plates horizontally and vertically, a rectangular
clamped part, and four M10 coarse threaded bolts. The clamped part is a 10 mm thick
rectangular plate, and the bolt loosening monitoring method is used to monitor the strains
on the surface of the clamped part.

Figure 1. Model of the 4-bolt fastened structure.

In order to make the bolts and the clamped part have a more obvious difference in
stiffness, carbon steel is used for the bolts and the nuts, and aluminum alloy is used for the
clamped part and the fixture. The materials of the structure are shown in Table 1.

Table 1. The material information of the structure.

Density  Elastic Modulus  Poisson’s

Components Material (kg/m?) (GPa) Ratio
Clamped Aluminum alloy
part/Fixture/Base (7075-T6) 2810 71 0.32
Structure steel
Bolts/Nuts (16MnCr5) 7800 210 0.28

The finite element simulation software Ansys Workbench 15.0 is used to study the
mechanism of bolt loosening of the four-bolt fastened structure. In modeling the FEA, the
bottom of the base is set as a fixed support to simulate its connection with the vibrostand.
The contact types of the following contact pairs are set as frictional type: the upper surface
of the base and the bottom of the fixture; the fixture upright plate and the nut surfaces; the
fixture upright plate and the contact surface of the clamped part; and the contact surface of
the clamped part and the bolt heads. The frictional coefficient is set to 0.15 according to the
engineering manual [34].

Multi-Point Constraints (MPCs) are used between the bolts and the nuts [35]. The
MPC method is widely used for thread-region analysis in FEA. The MPC method describes
the contact behavior of bolts and nuts by applying constraint relationships between their
contact surfaces, which simplifies the contact problem between bolts and nuts into a
coupling relationship between leader—follower nodes, without the need to establish an
accurate thread model.

The mesh division of the FEA model is shown in Figure 2a. The global meshing type is
hexahedral mesh, which has simple partitioning, high computational efficiency, and strong
convergence. The global meshing element size is 4 mm, while the grid accuracy for the
four fastening bolts, nuts, and their adjacent areas is refined to 1 mm to ensure the accuracy
of the analysis solution.
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(a) Model meshing of the structure (b) Distribution and direction of the monitored points
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Bl Bolt Pretension 3: 6250. N
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[EJ Fixed Support

(c) Schematic diagram of the structural load
Figure 2. Schematic diagram of the 4-bolt fastened structure.

The six monitored strain points are determined near the four bolts, with a distance of
15 mm from the center of the corresponding bolt. The monitoring direction of monitored
points 1# and 4# is the Z-direction (horizontal direction), while the monitoring direction
of monitored points 2#, 3#, 5#, and 6# is the Y-direction (vertical direction), as shown in
Figure 2b.

Since the bottom surface of the base is connected to the vibrostand by bolts, the
vibration excitation from the vibrostand is simulated by applying a Y-direction sinusoidal
vibration displacement load to the bottom surface of the structure base. Figure 2c shows a
schematic diagram of load application at a tightening torque of 15 N-m, where conditions A,
B, C, and D represent the preload force of 6250 N applied to the four bolts, and condition E
represents the surface subjected to sinusoidal vibration displacement load on the structure.

The vibration responses of the structure are analyzed under 15 different tightening
torques. The following relationship exists between the bolt tightening torque T and tighten-
ing force F [34]:

T = KFd (26)

where K is the torque coefficient, and K = 0.24 in this investigation; d is the nominal diameter
of the bolts, and d = 10 mm in this investigation.

Equation (26) shows that for bolts with certain material and size information, the
tightening force and tightening torque have a linearly positive correlation, which can be
expressed by linear transformation in research. Through adjusting the tightening force
successively, a set of corresponding tightening torques can be obtained.
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In the FEA for this study, the finite element software Ansys Workbench 15.0 is used to
exert axial force on a continuous surface cylinder (the screw surface of four bolts in this
study) to achieve the corresponding bolt tightening force; 15 groups of tightening torque
and their corresponding pre-tightening forces are shown in Table 2. For each analysis, a
group of the same tightening torque is applied to the four bolts.

Table 2. Tightening torques of the bolts for the analysis.

Torque/N-m 3 5 7 9 11 13 15 17
Force/N 1250.0 2083.3 2916.7 3750.0 4583.3 5416.7 6250.0 7083.3
Torque/N-m 19 21 23 25 27 28.5 30

Force/N 7916.7 8750  9583.3 10,416.7 11,250 11,875 12,500

3.1.2. Modal Analysis for the Four-Bolt Fastened Structure

The first 20 modes of the four-bolt fastened structure are extracted for vibration
excitation analysis. Different tightening torques will affect structural stiffness and natural
frequency [36]; by taking the tightening torque of 15 N-m as an example, the structural
nature frequencies are determined, and the first 10 orders of natural frequencies are shown
in Table 3.

Table 3. The first 10 orders of natural frequencies of the 4-bolt fastened structure.

Modal Order 1 2 3 4 5
Natural Freq./Hz 1270.3 2504.8 2582.4 4122.1 4658.7
Modal order 6 7 8 9 10
Natural Freq./Hz 5172.6 5246.6 5321.9 5400.1 5882.3

According to Table 3, the first-order natural frequencies of the structure are above
1000 Hz, and only one order is below 2000 Hz, indicating that the structure has
good stiffness.

3.2. Analysis of Bolt Loosening Mechanism of the Four-Bolt Fastened Structure Under Sine
Vibration Excitation

Based on the modal analysis results, the RMS strain response of the monitored bolt
points in the four-bolt fastened structure under sine vibration excitation is analyzed.

The sine vibration excitation exerted to the bottom of the base in the Y-direction is
given as Equation (2), supposing that the excitation amplitude Ag;,, is 1 mm and the
excitation frequency fg;,, is 60 Hz.

Sine vibration analyses of the structure under different tightening torques are carried
out, and the strain responses of the six monitored points are obtained.

Taking the tightening torque of 15 N-m as an example, Figure 3 shows the normal
strain response of monitored points 1# and 2# within 0.1 s.

As shown in Figure 3, the strain at a monitored point consists of two parts: one part
is the pre-strain e’ generated by the tightening torque and the other part is the vibration
strain €’ generated by the vibration excitation. Due to the different positions and directions,
the response values of the six monitored points are different. However, their trends and
patterns are the same.
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Z-directional strain of the point 1# under 15 N-m / pg
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Figure 3. Normal strain responses of the monitored points within 0.1 s under 15 N-m tighten-
ing torque.

Since e” is much larger than 7, it is possible that ¢” would be covered up by &”. Thus,
a workaround method is utilized in that € is removed from the monitored total strain first
before vibration occurring, and then only & is extracted for mechanism analysis during
the vibration process. It should be pointed out that ” is influenced not only by vibration
excitation but also by the bolt tightening torque [37]; it is reasonable that € can be chosen
as an indicator for investigating the response of bolt loosening under the dual factors of
vibration excitation and the bolt tightening torque.

The effective value of a sine signal is called the Root Mean Square (RMS) value; the
effect of vibration excitation on bolt loosening is reflected by monitoring the RMS values of
vibration strains at monitored points. The following is the formula for calculating the RMS
value of vibration strain at a monitored point:

LORMS _ \/ L ()" \/ ()" 4 (€2)" 4 () 27)

N N

where N donates the number of sampled strain data in the time domain; e is the i-th data
point of the vibration strain.

The Matrix Laboratory software MATLAB R2018b is used to calculate and process the
result data. The RMS values of the vibration strain response ° at the six monitored points
are shown in Figure 4a.

It can be observed that the strain RMS curves of the six monitored points are roughly
divided into three stages. To quantitatively divide these three stages, we considered using
the slope change rates of the strain RMS curves. However, due to the different slope
ranges of the strain RMS curves at different monitored points, in order to propose a unified
standard, a normalized slope method is adopted. This method normalizes the slopes of the
strain RMS curves at each monitored point when the tightening torque is 3 N-m to 0%, and
the maximum slope of the RMS curve within the torque ranges up to 100%. In this way,
the slopes of the strain RMS curves of the six monitored points can be unified to the same
slope, and by using an appropriate slope boundary as the stage division, the three stages
can be quantitatively divided, as shown in Figure 4b.
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Figure 4. Strain RMS of FEA results varying with tightening torque under sine vibration.

From Figure 4a, it can be found that the strain ¢ RMS curves of the six monitored
points have the same trend, which is because the distribution of the fastening bolts of
the structure is generally symmetrical. It can be observed that the RMS values of strain
responses at monitored points 1# and 4# are smaller compared to the responses of the other
four monitored points. This is because the monitoring direction of monitored points 1#
and 4# is the Z-direction, which is orthogonal to the vibration excitation direction of the
Y-direction, while the monitoring direction of the other monitored points is the same as the
excitation direction.

As shown in Figure 4b, the slopes of the strain RMS curves of the six monitored points
are normalized. Using the mean tightening torque at the normalized slope of 15% for the
strain RMS curves of six monitored points as the boundary torques, it can be divided into
the Steady Stage, the Transition Stage, and the Loosen Stage.

For the Steady Stage, the strain RMS values always stay at a higher steady level when
the tightening torque is larger than 23 N-m. This is because the bolt axial pretension remains
at a high level, which ensures tightness between the bolts and fasteners.

For the Transition Stage, when the tightening torque is gradually reduced from
23 N'm to 6.5 N-m, the lower the preload, the lower the friction among the contact sur-
faces of the bolts and the clamped part; thus the looseness among the contact surfaces is
more serious.

For the Loosen Stage, when the tightening torque is less than 6.5 N-m, the levels of
strain RMS values at the six monitored points generally remain at a lower level, which
means that the bolts have completely loosened and failed.

Some pivotal contact regions are assigned the frictional contact type, which is a typical
nonlinear contact type and an important factor in the occurrence of nonlinear response in
structures. On the other hand, the loosening mechanism of bolts is studied under vibration
excitation by applying different tightening torques to bolts. The changing tightening torque
is also one of the reasons for the boundary nonlinear response.

3.3. Analysis of Bolt Loosening Mechanism of the Four-Bolt Fastened Structure Under Random
Vibration Excitation

Based on the mode-superposition method, the RMS strain responses of the moni-
tored bolt points in the four-bolt fastened structure under random vibration excitation
are analyzed.

In this section, a white-noise waveform acceleration PSD is applied to the bottom of
the base of the structure. Figure 5 is a schematic diagram of the random vibration excitation
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PSD. The frequency range of the PSD is set as 15-1000 Hz, and the spectral value is
0.2 g2/Hz.
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Figure 5. Random vibration excitation spectrum.

The RMS values of the strain responses of the six monitored points under random
vibration with different tightening torques are extracted. Figure 6 shows the curves of the
RMS values of the strain responses with varying tightening torques and the normalized
slopes of the strain RMS curves.
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Figure 6. FEA strain RMS varying with tightening torques under random vibration.

It can be found that under random vibration excitation, the strain RMS values of the
six monitored points have the same trend of varying with tightening torques, and the
process of bolt loosening can be divided into three stages: the Steady Stage, the Transition
Stage, and the Loosen Stage. This is similar to the three stages of bolt loosening under
sine vibration excitation. Compared with the other four monitored points, the RMS values
of the strain responses at monitored points 1# and 4# are relatively smaller because their
monitoring directions are orthogonal to the excitation direction.

From Figure 6b, similarly, using a relative initial slope change of more than 15%
as the boundary, the boundary tightening torques of the three loosening stages under
random vibration are 27 N-m and 9 N-m, respectively, while those under sine vibration
are 23 N-m and 6.5 N-m. This indicates that under random vibration, bolts will enter
the Transition Stage and the Loosen Stage earlier than that under sine vibration. The
reasons for this phenomenon are multifaceted. The acceleration RMS values of the two
excitations are different, resulting in different bolt loosening boundaries. Considering the
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energy distribution, the energy of the random vibration excitation distributes over a wide
frequency range, and its upper limit is close to the structural natural frequency, while the
sine vibration is only excited at a single fixed frequency of 60 Hz.

4. Investigation of Bolt Loosening Mechanism Under SOR
Vibration Excitation

4.1. A Synthetic Excitation Analysis Method of SOR Vibration

In order to analyze the effect of SOR vibration excitation on the response of bolt
loosening, FEA of the strain responses of the monitored points under synthesized excitation
is carried out.

A frequency-domain analysis method is proposed, which transforms sine vibration
excitation into PSD expression and superimposes it with random vibration excitation PSD
to obtain SOR vibration synthesized excitation PSD. The advantage of this method is that
frequency-domain analysis relies on the mode-superposition method, which brings better
analysis efficiency.

The excitation PSD value of sine vibration can be calculated with the excitation accel-
eration of the sine vibration, which can be obtained from Equation (3). Theoretically, there
should be a definite spectrum value at the sine excitation frequency. However, the spectrum
line of the PSD must have continuity and integrability, so it is necessary to perform spectral
approximation on the PSD conversion of the sine excitation.

The meaning of PSD is the distribution function of energy in the corresponding
frequency range. According to Equation (17), the frequency-domain transformation of
the sine excitation is expressed approximatively as an isosceles triangle spectrum with a
bottom bandwidth of only 2 Hz. The peak value of the excitation PSD can be calculated as
105.16 g?/Hz by using the sine excitation amplitude of 1 mm and the excitation frequency
of 60 Hz in Section 3.2.

To construct the synthetic excitation spectrum of the SOR vibration excitation, the sine
triangle spectrum is superimposed to the white-noise excitation spectrum of the random
vibration, as shown in Figure 7a, the dashed lines in Figure 7a are auxiliary lines for reading
the values. The frequency-domain expression of SOR synthesized excitation PSD is not
intuitive, so a more intuitive expression of SOR displacement excitation in the time domain
is shown in Figure 7b.
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Figure 7. Diagram of SOR synthesized excitation in different domains.
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4.2. Response Analysis of the Monitored Points of Bolt Loosening Under SOR Vibration Excitation

Taking 15 N-m as an example, Figure 8 shows the strain response PSD of monitored
points 1# and 2# under SOR synthesized excitation.
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Figure 8. Strain response PSD of the monitored points under SOR excitation with 15 N-m tighten-
ing torque.
It can be seen from Figure 8 that under the SOR synthesized excitation, the strain
response of each monitored point only has a high peak at the sine excitation frequency of
60 Hz and maintains a stable response outside of this frequency. The response gradually
increases in the latter part of the frequency range, which is because the response frequency
gradually approaches the structural first-order natural frequency.
Figure 9 shows the curves of strain RMS of the six monitored points and the normalized
slopes of the strain RMS curves under SOR excitation.
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Figure 9. Curves of strain RMS of monitored points versus tightening torques under SOR synthesized
excitation.

From Figure 9b, using the mean tightening torque at the normalized slope of 15% for
the strain RMS curves of six monitored points as the boundary torques, which are 26.5 N-m
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RMS of vibration strains of the monitored point 1# / pe

and 7.5 N-m, respectively, it can be divided into the Steady Stage, the Transition Stage, and
the Loosen Stage.

The boundary torques of bolt loosening under SOR excitation are not the same as
those under sine or random vibration excitations. When the bolts enter the Transition Stage
from the Steady Stage, the boundary torque under SOR excitation is closer to the boundary
torque under random excitation. And when the bolts enter the Loosen Stage from the
Transition Stage, the boundary torque under SOR excitation is in the middle of the two
boundary torques of the two single excitations. This indicates that under SOR excitation,
random vibration dominates the bolt loosening mechanism.

Taking monitored points 1# and 2# as examples, the RMS response results of monitored
points under three forms of vibration excitations are compared and analyzed, as shown in

Figure 10.
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Figure 10. Comparison curves of strain RMS at monitored points under three forms of vibration.

It can be found that the strain RMS of the monitored point under SOR excitation is
greater than that under single sine or random vibration excitation, but its curve trend is
similar to the trends of the single vibration excitation results. Furthermore, it should be
pointed out that the strain RMS values under SOR excitation are not equal to the linear
superposition of that under the two single excitations.

4.3. A Relation Model Among the SOR Vibration Excitation Results and the Single Vibration
Excitation Results Based on the Corrective Energy Superposition Method

In order to study the response relationship of the monitored points among SOR
synthesized excitation and two forms of single vibration excitations, we take 5 N-m,
15 N-m, and 25 N-m as examples to compare their responses, as shown in Table 4.

It can be found from Table 4 that the responses under sine vibration, random vibration,
and SOR vibration synthesized excitation do not simply show a linear superposition
relationship. In order to investigate the nonlinear correlation among the strain RMS
responses of monitored points under three forms of vibration excitations, the corrective
energy superposition method (ESM) introducing weight factors is proposed, which assumes
that the contributions of sine and random vibration responses to the SOR vibration response
are influenced by their respective “energies”.

RMS, sor = /ar, x RMS2 5, + br, x RMS? ¢ (28)

e_Sine
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where RMS, ;. represents the vibration strain response RMS values of the time-domain
sine excitation; RMS, g,,4 represents the vibration strain response RMS values of the
random excitation; ar, represents the energy weight factor of the sine vibration response in
the SOR vibration response under the tightening torque of T;; and br, represents the energy
weight factor of the random vibration response in the SOR vibration response under the
tightening torque of T;. It should be inferred that the weight factors a7, and by, may be
different under different tightening torques.

Table 4. RMS values of strain response of 6 monitored points under 3 forms of vibration excitation at

3 torques.

Torque (N-m) Excitation 1# (ne) 2# (ne) 3# (ue) 4# (ue) 5# (ue) 6# (ue)
Sine 0.5211 0.5611 0.5247 0.3907 0.4721 0.5349

5 Random 0.8892 1.0657 1.3179 1.1952 1.2427 1.3588
SOR 1.0577 1.2355 1.4822 1.3345 1.3775 1.5293

Sine 1.2859 1.544 1.2638 1.0265 1.4577 1.5843
15 Random 1.4929 1.9091 1.9775 1.6643 2.0178 2.1514
SOR 2.1029 2.5095 2.3644 1.948 24711 2.7393

Sine 1.9372 2.5212 2.3915 1.4252 2.4753 2.5546

25 Random 3.2532 3.824 3.7561 3.0278 3.5234 3.944
SOR 3.8282 4.5956 4.4814 3.3924 4.3433 47294

The specific idea for obtaining the optimal weight factors ar, and br, is shown in
Figure 11.

As shown in Figure 11, for each set of tightening torques, according to Equation (28),
the corresponding weight factors ar, ; ; and br, ; ; can be obtained, which represent the set
of weight factors obtained from the RMS responses of monitored points i# and j# under
three forms of vibration excitation at the tightening torque Ty of x N-m.

Based on the weight factors ar,,ij and br, i j, using Equation (28) with the sine vi-
bration responses RMSrga—sine T, n# (Where n# represents any one monitored point) and
random vibration responses RMSrgA_Rrand T, n# Of the six monitored points, the theoretical
SOR vibration responses RMStyq—sor_T,_n# Of the corresponding monitored points are
obtained.

Thus, the error between the theoretical calculated SOR response RMSTy,.0_sOR T, n#
and the FEA SOR response RMSrga—sor T, n# of each monitored point can be obtained.
There are six monitored points, so the C2 = 15 groups of weight factors can be obtained
when the tightening torque is x N-m. By introducing the Least Squares Method, the average
errors between the RMSty,,,_sor T, n# and RMSreA_sor T, n# Of the six monitored points
for each set of weight factors are taken as the optimal objective function, which can obtain
the optimal weight factors ar, and br, under the tightening torque Ty of x N-m.

Finally, the same steps are carried out for responses under all groups of tightening
torque, and the optimal weight factors ar, and br, under each group of tightening torque
can be obtained.

The curves of the optimal weight factors a7, and br, under all tightening torques are
shown in Figure 12.
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Figure 12. Curves of weight factors ar, and by, as a function of tightening torque.

Figure 12 shows that with the increase in the tightening torques, the weight factor ar,
representing the sine vibration response gradually increases, while the weight factor br,
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representing the random vibration response gradually decreases. It is also found that the
weight factors ar, and by, are basically symmetrically distributed.

At the same time, it can be found from the numerical relationship between the weight
factors ar, and by, that, on the one hand, the factor br, is greater than the factor ar,, which
means that the random vibration response accounts for a larger proportion in the response
under the SOR vibration synthesized excitation, which can also be reflected in Figure 10.
On the other hand, the difference between the two weight factors gradually decreases with
the increase in the tightening torques, which means that the proportions of the two forms
of vibration response in the SOR synthesized vibration response gradually approach each
other, because the more tight the bolts are, the less effect the vibration excitation has on the
strain responses.

5. Test Verification of Bolt Loosening Detection Under
Vibration Excitation

A vibration test is carried out for the four-bolt fastened structure subjected to sine
vibration excitation and random vibration excitation from the vibrostand to show the
agreement between the test and FEA and prove the effectiveness and feasibility of the
proposed method.

5.1. Test Devices and Conditions

To verify the effectiveness of the loosening mechanism of the four-bolt fastened
structure, a strain monitoring test for the structure under vibration is conducted. The test
device including the vibration control system, the vibrostand, the test specimen, and the
strain instrument is shown in Figure 13.

The vibrostand The test specimen

The strain instrument The vibration controller

[

(a) The vibration controller and the strain instrument (b) The vibrostand and the test specimen

Figure 13. The test devices and test specimen.

The test structure, including four pairs of M10 bolts and nuts connected to 10 mm and
15 mm thick connected pieces, is shown in Figure 14. The materials and dimensions of the
test structure are the same as the FEA model in Section 3.1. The base of the structure is
fixed to the vibrostand by 12 bolts.
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Figure 14. The test structure and distribution of the strain gauges.

As shown in Figure 14b, the distribution of the six monitored points 1#, 2#, 3#, 4#,
5#, and 6# on the four-bolt clamped part is consistent with that in the previous FEA. The
direction of monitored points 1# and 4# is the Z-direction, and the direction of the other
monitored points is the Y-direction.

A torque wrench, shown in Figure 15, is used to apply the tightening torques to the
bolts, whose accuracy is 4%; 15 groups of tightening torques are applied to the bolts, as
shown in Table 2. A manually preset ratchet torque wrench is utilized, with a maximum
tightening torque of 50 N-m and an adjustment precision of 1 N-m per increment.

Figure 15. The torque wrench.

Before each group of vibration tests, the same tightening torque is applied to the four
studied bolts with the torque wrench. There are 15 groups of tightening torques, as shown
in Table 2 in Section 3.1. Each group of test data is sampled for 180 s. Due to the fact that
the maximum frequency of random vibration excitation is 1000 Hz, to ensure that the data
are not distorted and satisfy Shannon’s sampling theorem [38], the sampling frequency of
the strain gauge is set to 5000 Hz. To reduce the impact of random errors on the test, all of
the vibration tests are conducted three times under each set of torque for the sine vibration
and random vibration.

5.2. Result Analysis of the Structural Vibrations

(1) Result analysis of the structure under the sine vibration test

When conducting the sine vibration test, the excitation conditions were consistent
with the FEA of the sine vibration, where the excitation amplitude was 1 mm and the
excitation frequency was 60 Hz.
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Sampled strain of monitored point 1# at 15SN-m / pe

Taking tightening torque 15 N-m as an example, Figure 16 shows the sampled strain
data of monitored points 1# and 2# from 40 to 40.3 s. There is a “warm-up period” after
the vibrostand is started, during which the vibration intensity gradually increases until it
reaches the target excitation parameters and remains stable. Therefore, the strain response
of monitored points within the first 30 s of each group of vibration tests is not the ideal
stable data. So, Figure 16 shows a section of strain response data after the vibrostand
reaches stability. On the other hand, the excitation frequency for the sine vibration test
conducted is 60 Hz. If a longer period of strain data is shown in the figure, it is difficult to
clearly observe the strain waveform of the monitored points. When the vibrostand reaches
stability, the strain data of the monitored points have the same waveform. Therefore,
Figure 16 chooses to display the monitored point data within 0.3 s, which includes suitable
numbers of cycles and can also show clear waveforms.
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(a) Strain data of the monitored point 1#

Figure 16. Strain sampling data under sine vibration excitation with 15 N-m tightening torque.

However, it should be noted that in the subsequent data processing, this study does
not use only strain data within 40 to 40.3 s, but also all valid data after the vibrostand
reaches stability.

As shown in Figure 16, the sampled strain data of the monitored points include the
pre-strain with the vibration strain part fluctuating on its basis. There is a slight difference
in the strain mean values at different monitored points, which is caused by the fact that the
two monitored points are located in different parts of the structure.

At the same time, it can be found that the sampled strain data are not a perfectly
smooth sine waveform, which is due to the inevitable electromagnetic interference inside
the circuit of the strain instrument. Therefore, after data sampling, it is necessary to perform
filtering processing on the strain data. Through bandpass filtering of the sampled signals
in the frequency band of 59-61 Hz, the strain data could be retained within the frequency
band that corresponds to the sine vibration excitation frequency of 60 Hz. Furthermore,
the bolt loosening stage is reflected by studying the RMS values of the vibration strains
at the monitored points. Therefore, it is necessary to eliminate the pre-strain (i.e., strain
mean value) generated by the tightening torque and obtain zero mean strain data. The
RMS values of the strains at the monitored points can be obtained through Equation (27).

The test strain RMS values of the six monitored points varying with tightening torques
are shown in Figure 17.
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Figure 17. RMS results of strain response at the six monitored points under sine vibration test.

The approximate envelope area of the colored background in Figure 17 covers all
data points. The strain RMS of monitored points 1# and 4# is smaller compared to other
monitored points, because the monitoring direction of these two points is orthogonal to the
excitation direction, while the others are horizontal to the excitation direction. Overall, the
strain RMS of the six monitored points in the sine vibration test results showed three-stage
characteristic bolt loosening.

Taking monitored points 1# and 2# as examples, a comparison between test results
and FEA results under the same conditions is shown in Figure 18.
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Figure 18. Comparison between the test and FEA results of strain RMS at monitored points under
sine vibration.

As shown in Figure 18, the black block data points represent the vibration strain RMS
results of the monitored points of the sine vibration test, while the red dot data points and
the fitted curves represent the FEA results under the same conditions. It can be found
that the sine vibration test results are in good agreement with the FEA results, and the
vibration test results can also be divided into the Steady Stage, the Transition Stage, and
the Loosen Stage, which indicates the effectiveness and feasibility of both the simulation
analysis method and the bolt loosening monitoring method proposed.
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The average relative error between the experimental and simulation results is 8.33%.
The errors between the test results and the simulation results may be caused by many fac-
tors, such as the difference between the excitation of the test vibrostand and the simulation,
torque wrench error, the simplified surface contact type of the FEA model, the simulated
friction coefficient, etc.

(2) Result analysis of the structure under the random vibration test

A bolt loosening test under random vibration of the structure was also conducted.
The random vibration test conditions are consistent with the FEA in Section 3. The random
vibration excitation is a broadband white-noise acceleration excitation PSD with a frequency
range of 15-1000 Hz and a spectral value of 0.2 g% /Hz.

Taking 15 N-m tightening torque as an example, the sampled strain data of strain
gauges 1# and 2# under random vibration excitation are shown in Figure 19, with a
0.3 s duration.
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Figure 19. Strain sampling data under random vibration excitation with 15 N-m tightening torque.

It can be observed that the characteristics of sampled strain data under random
vibration are not obvious. It is not possible to directly distinguish between the vibration
strain data (the valid data) and the electrical noise signals (the invalid data). Therefore, it is
necessary to filter the sampled strain data from the random vibration test.

The Kalman filter is a recursive linear optimal estimation method [39], suitable for
handling time-varying signals and noise in dynamic systems. It can more accurately handle
the dynamic changes between noise and signals. It dynamically estimates the system state
and noise characteristics by assuming that the signal and noise satisfy certain statistical
properties, without the need for explicit noise signal input.

The Kalman filtering method is applied to the sampled strain data, which obtains the
strain data after removing the electrical noise signal. Then, the pre-strain is removed to
obtain the zero mean random vibration strain responses. According to Equation (27), the
RMS results of the vibration strain at the monitored points are obtained.

The test strain RMS values of the six monitored points varying with tightening torques
are shown in Figure 20.
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Figure 20. RMS results of strain response at the six monitored points under random vibration test.

The approximate envelope area of the colored background in Figure 20 covers all data
points. The strain RMS of the six monitored points in the random vibration test results
showed three-stage characteristic bolt loosening.

Taking monitored points 1# and 2# as examples, Figure 21 shows the curve of strain
RMS values varying with tightening torques in the random vibration test and includes the
FEA results under the same conditions.
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Figure 21. Comparison between the test and FEA results of strain RMS at monitored points under
random vibration.

As shown in Figure 21, the black block data represent the test strain RMS results;
the red dot data represent the FEA results. It can be observed that the test results have
good consistency with the FEA results and exhibit the same trend. The curve of the RMS
results of each strain gauge varying with tightening torques can be divided into three stages
as well.

In summary, the vibration test results are in good agreement with the FEA results,
which verifies the effectiveness of the three-stage criterion for bolt loosening under vibration
excitation and the feasibility of the bolt loosening simulation analysis method proposed
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herein. It also provides a reference method and ideas for bolt loosening test research for
engineers or scholars in related fields.

6. Conclusions

Regarding the issue of bolt loosening under independent excitation of sine and ran-
dom vibrations, some studies have conducted in-depth research from multiple perspectives.
However, there is no related study on bolt loosening under Sine-on-Random vibration exci-
tation. The bolt loosening mechanism under common Sine-on-Random vibration excitation
is investigated by using a time—frequency conversion method, and the relationship between
the Sine-on-Random synthesized vibration response and two forms of single sine and
random vibration responses is revealed through a corrective energy superposition method
with weight factors. Finally, the effectiveness of FEA is verified through the vibration tests
for a four-bolt fastened structure. The main conclusions are as follows:

(@) The displacement response model of monitored points under SOR synthesized excita-
tion is established. Based on the differential equation of motion, the response of the
monitored point to sine base displacement excitation and random base acceleration
PSD excitation are solved in the time domain and frequency domain, respectively. Fur-
ther, by utilizing the tri(x) function, the sine base displacement excitation is converted
as frequency-domain base acceleration excitation triangular PSD. The sine vibration
and random vibration are superposed as the SOR synthesized vibration excitation
according to the characteristics of the linear system. Finally, a response expression of
the MDOF system under the SOR vibration synthesized excitation is deduced.

(b) The three-stage criterion for bolt loosening under SOR excitation is revealed. Through
the strain RMS of the monitored points, an implicit monitoring method is used to
analyze the strain response under sine, random, and synthesized excitation. It is
found that there is the Steady Stage, Transition Stage, and Loosen Stage for bolt
loosening.

(c) A transformed energy superposition model based on the weight factors is proposed
to reflect the energy proportion of sine and random vibration responses in the SOR
synthesized vibration response. In each group of tightening torque, C2 = 15 sets of
weight factors a7, and br, can be obtained from C2 = 15 pairs of monitored points
responses under three forms of excitation (sine vibration, random vibration, and
SOR synthesized vibration), where the weight factors ar, and br, represent sine and
random vibration response weights, respectively. By using the Least Square Method,
the relative error between the theoretical calculated SOR response and the FEA SOR
response is taken as the objective function to obtain the optimal weight factors under
each group of tightening torque. Further, the influence of tightening torque on the
weight factors of vibration response is studied. It can be found that there is a certain
difference between the weight factors of the two forms of vibration responses when
the tightening torques are small, while the weights of the two forms of vibration
responses tend to be close with the increase in tightening torques. It can be found
that when the bolts tend to loosen, random vibration excitation has a more significant
impact on bolt loosening than sine vibration excitation, while as the bolt connections
become more secure, the impacts of sine vibration and random vibration on bolt
loosening are almost as much.

(d) Both sine and random vibration verification tests are conducted for a four-bolt fastened
structure using a vibrostand and a specially designed clamp. The test results are
highly consistent with the FEA results and reveal the approximate envelope area of
the three-stage criterion for bolt loosening.
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Abstract: This study investigates dynamic behaviors of hypoid gear rotor systems under
variable tidal current energy harvesting conditions through numerical simulations and
experimental validation. The study examines dynamic responses of a hypoid gear rotor
system induced by cyclical tidal current variations, which generate fluctuating loads and
bidirectional rotational speeds in tidal energy conversion systems. Two hypoid gear
pairs, modified through precise manufacturing parameters, are evaluated to optimize
tooth contact patterns for bidirectional tidal loading conditions. A coupled torsional
vibration model is developed, incorporating variable transmission error and mesh stiffness.
Experimental validation of dynamic performances of hypoid gear pairs was conducted
on a bevel gear testing rig, which can measure both torsional and translational vibrations
across diverse tidal speed profiles. The experimental results demonstrate that second-order
primary resonances exhibit heightened vibration intensity during flow-reversal phases.
This phenomenon has significant implications for system power efficiency and acoustic
emissions. The findings extend the current understanding of hypoid gear optimization for
tidal energy-harvesting applications.

Keywords: hypoid gears; dynamic behaviors; transmission error; mesh stiffness; tidal
current energy

1. Introduction

Hypoid gears serve as critical power transmission components in tidal current energy
converters (TCECs), where they facilitate the conversion of bidirectional tidal flows into
rotational mechanical energy [1]. In tidal energy applications, these gears encounter
distinct challenges due to the cyclical nature of tidal current loading and the periodic flow
reversals characteristic of tidal environments [2]. A cross-axis hypoid gear pair in a TCEC
enables optimal spatial configuration of the power take-off system between a horizontal-
axis turbine and a vertically mounted generator [3]. While conventional performance
metrics such as transmission error (TE), tooth root strength, and surface wear remain
crucial considerations, dynamic behaviors of hypoid gears under variable tidal current
conditions introduce additional complexities due to bidirectional loading patterns. The
time-varying TE and mesh stiffness (MS) function as primary internal excitation sources,
whose characteristics are significantly influenced by the predictable yet varying loads and
reversing operational speeds inherent in TCECs [4]. Variations in TE and MS parameters,
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amplified by tidal current fluctuations and flow reversals, can induce complex dynamic
behaviors in the rotor system’s speed and load responses across different tidal cycles. These
dynamic behaviors are further complicated by variations in tooth contact conditions, which
emerge from micro-scale deviations in gear tooth form geometry and become particularly
critical during tidal flow transitions and reversal periods. Within tidal energy applications,
multiple gear tooth contact patterns may manifest across different hypoid gear pairs of
identical design specifications. These are attributable to manufacturing tolerances and
machining parameter variations, which become especially significant under bidirectional
loading. Preventing edge-tooth contact during flow reversals is particularly important in
TCECs. This necessitates comprehensive inspection protocols for hypoid gears prior to
deployment in tidal environments, as such contact patterns could induce severe vibrations
in the rotor system under cyclical tidal loading conditions. Hypoid gear pairs enable
efficient mechanical power transmission between intersecting shafts in TCECs, converting
the high-torque, low-speed rotations of tidal turbines into optimized generator inputs
through precision-engineered tooth geometry and mesh characteristics. Dynamic behaviors
of hypoid gear pairs of TCECs under bidirectional tidal loading conditions significantly
influence their power conversion efficiency and operational reliability. It is essential for
rigorous analysis of gear dynamics and transmission error of hypoid gear pairs under TCEC
operational conditions to advance the performance of tidal energy harvesting technologies.

Recent studies on TCECs have predominantly focused on their hydrodynamic per-
formances and structural reliability, with limited attention to drivetrain dynamics. Zhang
et al. [5] studied unsteady effects on hydrodynamic performances of a horizontal-axis
tidal turbine system, including bevel gears and a gearbox. Power fluctuations and weak
characteristics of a TCEC were analyzed under wave-current interactions in [6], but neither
addressed those influences on its mechanical transmission system. Chen and Wu [7] pre-
sented a comprehensive review of hybrid wave-tidal technologies, highlighting the need
for improved power take-off systems, e.g., gearboxes, but without detailed expectations of
gear dynamics. Avalos et al. [8] considered gearbox integration in wave energy converters.
Glennon et al. [9] focused on composite blade testing methodologies for operational life
prediction, emphasizing the critical need for mechanical component reliability in marine
environments. These studies demonstrated a research gap regarding gear system dynamics
under bidirectional tidal loading conditions, particularly concerning the interrelationship
between tooth contact patterns, TE, and MS of drivetrains in TCECs under variable flow
speed conditions.

Researchers assumed that the time-varying TE and MS are the prominent, exciting
sources for the gearing systems. Many researchers specialized their studies on TE and
MS to evaluate dynamic performances of their interest through static performances of
the gearing system. Hypoid gears have much more complex tooth surface geometry,
typically quasi-conjugated, than that of involute gears. Extensive research work in recent
decades found it difficult to carry out the loaded tooth contact analysis (LTCA) of hypoid
gears by a purely analytical approach to obtain exact solutions for load distribution, tooth
contact deformation, tooth bending and shear, TE, and MS by certain formulas based
on intermediate results. In all cases, the finite element (FE)-based semi-analytical LTCA
approach is significantly developed, and it is powerful enough to give the desired results
in the past decade, benefiting from the computational efficiency. Wang et al. [10] proposed
a methodology to avoid trial and error in obtaining a satisfied design of hypoid gears, and
the FE-based semi-analytic LTCA is applied in their work to calculate the bending stress of
the tooth root. Liu et al. [11] investigated the impact of work-holding equipment errors on
contact characteristics of face-hobbed hypoid gears and a mathematical model considering
both radial and angular eccentric errors. Liang et al. [12] investigated the effects on the
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tooth contact characteristics for the face-hobbed hypoid gears under different blade sections,
and the contact pattern is compared between the linear, circular, and polynomial blades
based on the FE tooth contact model. Cooley [13] proposed two determining approaches
for spur gears mesh stiffness, average slope, and local slope using the FE method and a
local slope difference formula for dynamic studies. In addition to the FE model, other
researchers searched for numerical solutions to loaded transmission error (LTE) of hypoid
gears. Huang et al. [14] used the conjugate approach to frictional loss and surface wear
studies of hypoid gears. Simon [15] presented a novel hypoid gear grinding method that
combines generating and Waguri motions, which can model the tooth surface roughness
by considering spherical grinding wheel grains. This method achieved mapping the 3D
topography to both pinion and gear tooth surfaces through their respective motions and
investigating how grain size and motion relationships influence the resultant surface
roughness characteristics. Liu et al. [11] used a quasistatic LTCA method to investigate
contact characteristics and gear geometry with radial and angular eccentric errors.

Concerning dynamic studies of hypoid gears, researchers developed many dy-
namic models and explored the influence of various factors on dynamic performances.
Shi et al. [16] presented a dynamic model for hypoid gears, considering the influences of
dynamic MS due to time-variable contact loads. Liu et al. [17] proposed a semi-analytical
LTCA method for spiral bevel gears that integrated ease-off surface computation with
high-precision virtual generating tooth surfaces. Wang et al. [18] proposed a general non-
linear time-varying torsional model of hypoid gears to investigate dynamic behaviors, and
typical behaviors reported in spur gears were observed, jump discontinuities, subharmonic
and chaotic states from the computational results. Karagiannis et al. [19] proposed an
alternative formulation for dynamic transmission error (DTE) of hypoid gears. Moham-
madpour et al. [20] studied the coupling relationship between dynamics and tribology
in vehicle differential hypoid gears. Athanasopoulos et al. [21] presented a sliding and
rolling speed calculation method along the full path of contact on a meshing tooth surface
of hypoid gears. Song et al. [22] proposed a hybrid dynamic model to investigate hypoid
gears coupled with off-sized bearing rollers. Huangfu et al. [23] investigated the effects of
tooth modifications on dynamic characteristics of thin-rimmed gears under surface wear
conditions to optimize load distribution and reduce vibration throughout the wear process.
Zheng et al. [24] presented an analytical approach to modeling the MS of high-speed spur
gears, considering the centrifugal effect and its influence on gear deformation and load
sharing. Li and Zhu [25] proposed a loaded contact pattern optimization method for hypoid
gears, considering high-order TE functions and face-milling machine-tool settings. The
integration of these diverse research efforts provides a comprehensive understanding of the
current state of the field. An et al. [26] focused on improving load capacity and minimizing
the effects of misalignment through development of a point contact model featuring normal
cross-sectional circular arc tooth profiles. Shen et al. [27] investigated the fault mechanism
and dynamic characteristics of planetary gears with gear wear and analyzed the impacts of
wear on MS, TE, and gear backlash of gear tooth profiles. A dynamic model incorporating
wear-related factors was developed to analyze the influences of wear on planetary gear
vibration responses. Yi et al. [28] proposed a nonlinear dynamic model for spur gear
systems that accounts for time-varying behaviors of pressure angle and gear backlash,
providing a more realistic representation of gear dynamics and potentially influencing
system stability and tooth impact states. Wei et al. [29] studied dynamic characteristics of
spur gear systems with uncertain parameters, such as MS and support stiffness.

This study investigates the dynamic behavior variations between two hypoid gear
configurations under distinct tooth contact conditions specifically designed for tidal current
energy harvesting applications. The logical diagram of the simulation calculation that
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yields the load and speed responses is shown in Figure 1. Experimental tests for hypoid

gear dynamics are conducted in the meantime and compared to the simulation.
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Figure 1. Logic diagram of dynamic behavior analysis for hypoid gears in TCECs

The baseline hypoid gear design, adapted from a commercial vehicle transmission, is
modified for bidirectional tidal flows, featuring two gear pairs produced under different
milling parameters. One pair is optimized for tidal applications, while the other provides
marginal edge contact to assess system sensitivity. A comprehensive nonlinear dynamic
torsional model is developed that incorporates the time-varying TE and MS parameters
derived from the FE-based LTCA model, specifically accounting for bidirectional loading
conditions of tidal current variations. Dynamic responses under variable tidal loading
conditions are numerically solved using the Runge-Kutta method, with particular attention
to behaviors during flow-reversal phases. Experimental validation is performed with a
bevel gear pair testing rig that uses high-precision rotary encoders to measure torsional
vibrations of both the pinion and gear, along with triaxial accelerometers to capture the
full dynamic response under simulated tidal flow conditions. Numerical and experimental
results are systematically analyzed to evaluate the influence of tooth contact patterns on
system performance under variable tidal current conditions, leading to significant insights
for optimizing hypoid gear designs in tidal energy harvesting applications. This study
advances the field through three key innovations: (1) development of a coupled torsional-
translational dynamic model that incorporates time-varying TE and MS under bidirectional
variable tidal loading conditions; (2) experimental validation using purpose-built testing
apparatus capable of measuring both torsional and translational vibrations across variable
tidal speed profiles; and (3) quantitative characterization of the relationship between tooth
contact patterns and system dynamics during flow-reversal phases, particularly regarding
second-order primary resonances and their implications for power conversion efficiency.
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2. Power Conversion Modeling of Drivetrains in Tidal Current
Energy Converters

The enhancement of TCEC power generation capabilities necessitates optimized de-
sign of power conversion systems that enable energy capture at reduced cut-in velocities,
facilitating the conversion of fluctuating low-speed turbine rotations to stable high-rated
outputs. Performance validation of the drivetrain system under varying tidal velocities
was accomplished through experimental studies using a TCEC configuration incorporating
both hydro-turbine and drivetrain components in controlled flume conditions. Figure 2
illustrates the experimental TCEC configuration, including a hydro-turbine, a gearbox,
and a hypoid gear pair. The extractable hydrokinetic power from tidal currents via a
hydro-turbine can be expressed as

1
b= EPAVCPv?idulf 1

where A; is the hydro-turbine swept area, p is the seawater density, C, is the power
coefficient, and vy, is the tidal current velocity. Equation (1) quantifies the extractable
energy for a specified hydro-turbine’s swept area operating at a defined power coefficient
Cp within a tidal stream. The hydro-turbine’s power coefficient C,, primarily correlates
with its tip-speed ratio (TSR), which is

Cp(A, ) = Co(A, B)A, @)
where Cg(A, B) is the design-dependent torque coefficient and A is the TSR, which is

Wttt

A= ,
Otidal
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with r; is the rotor radius and w; is hydro-turbine’s angular velocity. For this study, the
hydro-turbine’s torque coefficient is [30]

Co(A, B) =05 (26 — 048 — 5) e 3 +0.0068A, @)

where
1 1 0.035

Y A+0088 B+1
with B is the pitch angle, i.e., 15° in this study. Using the TSR in Equation (3), hydro-
turbine’s angular velocity is

©)

_ AUidal
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The TCEC operational torque, crucial for drivetrain load distribution analysis, can be
expressed as

1 3
Tr = 5pArmCQUiigy- %
This operational torque serves as the primary input parameter for the drivetrain
system. The drivetrain facilitates energy transfer from the generated power P to the

generator assembly. Maintaining optimal performance across variable tidal velocities
requires consistent TSR regulation at its designed optimal value.
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Secondary drive shaft

Hypoid gear pair

Primary Mounting platform

drive shaft

Hydro-turbine

Figure 2. Layout structure of the TCEC, including the hydro-turbine, a hypoid gear pair, and the
gearbox [30].

The dynamic torsional model of the hypoid gear under variable tidal current
energy-harvesting conditions is shown in Figure 3, and its torsional equations include
Equations (8) and (9), which serves to solve the torsional vibrations of the pinion and gear,
respectively. This study confines attention to the dynamic behavior under two different
tooth contact conditions subject to different milling settings [31]. Thus, TE and MS of two
pairs of gears obtained from the respective milling settings are used as parametric input
conditions to the torsional equations. The dynamic model excludes the translational vibra-
tions of bearing systems of the rotor system, focusing instead on extensive experimental
tests using data from a 3-axis accelerometer.

Pinion: Iy; &, Meshing parameters: e(?); c,,; k(f)

Figure 3. A dynamic model of a hypoid gear system to reflect its angular vibrations.

The torsional equations to solve the torsional vibrations of the pinion and gear are

written as
4261 o, . de, . de(t)
I P2 + Ricm (Rlﬁ - RZE — Ry T ) + Rikm(t) = T, (1), 8)
>0 a6,  do,  de(t) ’
I ar + Rocm (Rlﬁ — R2E — Ry T ) + Rzkm(t) = thr(t), )

where ¢ and 6, are rotation angles of the pinion and the gear, respectively, R; and R; are
radii of contact points on the pinion and gear, respectively, I; and I, are the moment of

130



Machines 2025, 13, 178

inertia of the pinion and the gear, respectively, i, is the gear ratio, ¢, ki (t), and e(t) are
meshing damping, MS, and TE of the hypoid gear rotor system, respectively. Meshing
damping c;,, which reflects the effects of viscous and friction, is assumed to be constant
in this study. The time-varying MS is an unknown function that can be expressed as
km(t) = f(R167 — Rp6, — e(t)), which means its value is affected by the combination of
angular deviations from the theoretic conjugate position R16; — R0, of the contact point
on the pinion and the gear tooth surfaces, and the static TE e(t) over meshing cycles.

3. FE Tooth Contact Model Under Variable Tidal Current Conditions

This investigation analyzes the dynamic behavior characteristics of hypoid gear rotor
systems under variable tidal current conditions, focusing on the comparative assessment of
different tooth contact patterns generated through specialized milling parameters. TE and
MS variations for two distinct gear pair configurations are computed using a high-fidelity
FE tooth contact model, which incorporates bidirectional loading profiles characteristic
of tidal current fluctuations. The precision of the three-dimensional hypoid gear model,
particularly critical for the precise computation of TE and MS under reversing tidal flows,
is established through an advanced geometric construction methodology that accounts
for time-varying contact conditions. This methodology enables a detailed analysis of the
behavior of tooth contact during critical tidal flow transition periods, where the loading
direction changes significantly impact gear mesh characteristics.

3.1. Tooth Contact Model

This section presents the modeling method of 3D hypoid gears and the FE analysis
of the 3D model for the approach in detail to TE and MS. CATIA is well known for the
ability of model work to construct complex surfaces, so software is applied to construct
the 3D model of hypoid gears. In the simulation of this study, special machines Gleason
116 and 609 are chosen to generate the tooth surface of the specified pair of hypoid gears
in CATIA. The face-milled process is applied to machine the pinion and the gear. Basic
Visual programming codes drive the milling process through the Macro interface of CATIA,
which simulates Gleason 116 generating the pinion and Gleason 609 forming the gear.
Figure 4 shows the grinding settings of the Gleason 116 machine tool in Figure 4b and 609
in Figure 4c, respectively, and Figure 4a the grinding process of the pinion and the gear
that illustrates the relative positions of the 3D cutter head and the workpiece. The pinion
generating settings include ten: four workpiece settings, axial position X1, horizontal
position Xy, vertical position Eg; and root angle dy41; four cutter-head settings, S, g, i, and j;
and the rolling angle of the workpiece ¥, and the cradle angle g = '¥'/mj., where m; is the
rolling ratio. Gear formation settings include six: four workpiece positioning settings, i.e.,
X2, Xy, Egz, and dppp; and two cutter-head positioning settings, i.e., H and V.

Figure 4a shows that Boolean operations remove the cutter-head solid from the in-
tersection with the workpiece solid at each predetermined workpiece angular position
according to the rolling ratio in CATIA’s Part Design module. The tooth groove, thereby,
is composed of a number of strip surfaces that should be stitched together. In CATIA’s
Generative Shape Design module, strip surfaces are extracted and joined together, and
uniformly distanced partition planes that are vertical to the pinion shaft axis are created.
The intersection curves where the generated tooth groove intersects with the partition
planes are extracted, and they are replaced by spline curves in CATIA’s multi-sectional
surface module. An integrated tooth surface is thereby constructed from these spline curve
sections in CATIA’s Generative Shape Design module. A cover is added to the integrated
tooth surface and is sealed together, and in the Part Design module, the sealed tooth surface
again becomes a solid tooth through the close-surface operation. Following some other
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solid editing work, the 3D pair of solid hypoid gears are finally worked out as shown in
Figure 5a.

(@ (b) (©

Gleason 116# Gleason 609#

Partition plane

Spline curve sections

Figure 4. Machining simulations of hypoid gears: (a) 3D face-milled process showing relative
positions of cutter-head and workpiece of the pinion and the gear, (b) generating settings of machine
tool for the pinion, and (c) forming settings of machine tool for the gear.

Figure 5b shows a piece of the FE model split from the complete hypoid gears in the
HYPERMESH version 9.0 software. This study only requires a six-tooth pinion and gear
for analysis, which significantly saves computing time and provides sufficient accuracy.
The incompatible mode of element C3D8I is configured in HYPERMESH to perform grid
division of the FE model, which is good at a high resolution of contact stress. Details of
the six-tooth FE model of hypoid gears include that the pair has a total of 308,988 elements
with 350,998 nodes, mesh density is 25 x 62 nodes for the master tooth surface (drive side
of the pinion), and 32 x 72 nodes for slave tooth surface (driven side of the gear). The
element density of the surface of the slave tooth is predefined higher than the surface of the
master tooth at 149% to avoid any penetration into each other. However, the same density
would give more accurate results. Physical parameters include material characteristics:
Young’s modulus and Poisson’s ratio predetermined as E =2.1 x 108 N/ mm?, and v = 0.3
in this study. TE and MS simulations were managed by ABAQUS. To promote convergence,
a small approach angle of 0.001 is set as an initial angle, which is an effective measure to
ensure that the pinion and gear teeth are in slight contact.
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Figure 5. 3D modeling of the hypoid gear pair: (a) 3D model of the hypoid gear pair in CATIA, and
(b) its FE tooth contact model using HYPERMESH.

3.2. TE and MS of the Hypoid Gear Pair

TE of gears, including the unloaded UTE and the loaded LTE, is commonly de-
fined as the angular difference of the actual angular position of the driven gear from
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its mathematical conjugate angular position. Therefore, TE is conceptually expressed as
e(¢1) = @2 — (z2/21) @1, where z1, zp, @1, @2 denote the tooth number and the actual angu-
lar positions of the pinion and gear, respectively. TE of hypoid gears is caused by multiple
factors, such as geometric tooth-form deviation and assembly error under unloaded condi-
tions and loaded conditions. TE also involves surface compression, bending and shear, and
torsion of the pinion and the gear and its shaft systems. For hypoid gears, the geometric
tooth-form deviation relates to its generating method, and the theoretic conjugate point
only exists at the reference point on the center of the pinion and the gear tooth surfaces,
which is the biggest difference from the involute gears. Missing the mathematic reference
tooth surface makes it extremely difficult to obtain an accurate TE of hypoid gears by either
the analytic or the numeric method; in contrast, involute gears have a reference datum
involute surface. The FE method that relies on computing power is increasingly becoming
an effective tool to produce a relatively accurate TE with the development of computing
technology. However, TE by the FE method is still dependent on the accuracy of the tooth
contact model to simulate the generating process of actual milling machines. The detailed
construction process of 3D and FE models of hypoid gears, which serve to compute TE and
MS of this section, are presented in Section 3.1.

In addition to TE, the FE method is also wildly involved in the MS calculation of
involute gears. Cooley [13] proposed two determining approaches of the average slope
and the local slope to calculate the MS of the spur gears using the FE method. In Cooley’s
two approaches, the FE tooth contact model of spur gears is utilized for obtaining tooth
contact compression, tooth bending and shear for a span of specified torque loads. Cooley
made careful comparisons between the two approaches and came up with suggestions that
the average slope more resembles a static analysis and that the local slope can work well
on dynamics. The average slope mathematically is an arithmetic formula, and the local
slope is a finite-difference formula. The local slope approach is applied to calculate the
time-varying MS for hypoid gears supported by the data from the FE tooth contact model.

Stiffness refers to the ability of a material or structure to resist elastic deformation
subject to force. The composite elastic deformation of a geared system should include
many components, such as Hertz tooth contact compression, tooth bending and shear, shaft
system torsions, etc. Thereby, the composite static mesh stiffness of a geared rotor system
at an instant time can be expressed as

(10)

where k;, is the composite mesh stiffness, k., kj, and ks are the separated stiffness caused by
the tooth contact compression, tooth bending, and shear, respectively, K; is the local stiffness
of the mesh caused by shaft torsions as it transmits the torque. Typically, a hyoid gear pair
has multiple teeth in contact simultaneously. Chang [32] thought that the mesh stiffness of
multi-tooth contact is something like a set of parallel contact springs and suggested that the
global composite stiffness of gears is expressed by summing up all discrete contact points
to cover all major contact lines, giving

N .
Kn = Y_ kW, (11)
i=1

where N is the amount total of discrete segments, and k;, is the mesh stiffness of the mth
tooth pair in contact. The finite-difference stiffness formula of the local slope approach for
the mth single tooth pair in contact is represented as
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~ Fu(gn + Aqn) — Fu(qn — Aqu)

where F, is tooth contact force, g, is composite mesh deflection of single tooth contact
corresponds to the total approaching distance of a tooth contact segment caused by tooth
contact compression, tooth bending, and shear, and Ag,, is a specified small increment of
mesh deflection, i.e., finite-difference term. Equation (12) can also be rewritten as

1= Gn(Fn 4+ AFy) — qu(Fu — AF,)

It is much more convenient to give a desired incremental size of AT, and correspond-
ingly it yields AF,. It should be noted that excellent convergence is reported by setting the
increment size at 1% of the nominal torque load [13]. This approach may cover all interest-
ing torque ranges and avoid possible multiple stiffness curves due to the nonlinearity of
contact deformation.

4. Experimental Testing and Data Process
4.1. Experimental Setup

A bevel gear testing rig in Figure 6 integrates high-precision rotary encoders for
measuring torsional vibrations and a triaxial accelerometer for capturing translational
responses under simulated turbine speed profiles ranging from 50 to 1400 rpm and torque
loads up to 450 Nm. Measurement facilities in the testing rig maintain sampling frequencies
at four times the mesh frequency to ensure adequate resolution of second-order primary
resonances during flow transitions, enabling comprehensive characterization of dynamic
behaviors across both rotational and spatial domains. Measurement facilities of the testing
rig include (1) a magnetic brake, (2) a hypoid gear pair, (3) rotary encoders, (4) torque
sensors, (5) a motor, and (6) a PCB Piezotronics 3-axis accelerometer. LTE is produced
using measured data on the angular positions on the pinion and gear sides according to
its definition formula in Section 3.2. LTE is obtained when the rotor system runs under
quasistatic conditions for a certain number of angles at a very low speed. Translational
vibrations in the x, y, and z-axis directions are measured by the 3-axis accelerometer on the

upper surface of the hypoid gearbox.

©)
(©)

C)) (1) magnetic brake
(2) gearbox
(3) rotary encoder
(4) speed & torque sensor
(5) motor

o) (6) 3-axis accelerometer

Figure 6. Bevel gear pair testing rig to measure torsional and translational vibrations by rotary
encoders and a 3-axis accelerometer, respectively.

The measurable finest angle of the optical rotary encoders on the input side is
27t/217 rad, and the output side is 27t/ 221 rad. Such resolution ratios on both sides can
ensure the desired precision for the research objective of this study. The details of the
acceleration meter are as follows: A PCB Piezotronics 3-axis accelerometer to measure
translational vibrations in the x, y, and z directions, type 356B18, and a National Instru-
ments NI-9234 data acquisition board that connects to the sensor to collect vibration data in
three directions. Key performances are: sensitivity & 10% of 102 mV/(m/s?); measurable
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frequency range 0.5-3000 Hz with +5% sensitivity and bandwidth 110,000 Hz. Data of
x, Y, and z vibrations are processed by ORIGIN to analyze frequency components and by
MATLAB R2024b for comprehensive analysis and reprocessing. The mesh frequency is
calculated by f;;, =n rpm X Nj / 60 s, where n rpm is the speed of input on the pinion side,
and the sampling frequency must meet f; > 2 — 5f;; according to the sampling theory.
The investigation requires a large number of tests so that the steady-state data are
collected by continuously increasing the load and speed within the respective ranges in
Section 5.3. The particular concern is that the investigation avoids directly comparing
torsional vibrations of the rotor system of the test rig with simulations. Torsional motion
equations in Equations (8) and (9) cannot analyze real-world conditions that neglect certain
factors such as manufacturing errors, friction, material nonlinearity, and temperature
variations. The direct comparison between experiment and simulation is likely to become
endless discussions about the accuracy of tests and how factors are considered in simulation.
The response of loads and speeds in the frequency domain is a desirable method to eliminate
the high-frequency components of exciting sources caused by most manufacturing errors.

4.2. Data Process

The data collected from experimental tests are not suitable for direct comparison with
simulations, which means that the data have to be processed in a certain form before
being compared to the simulations. It is extremely difficult to capture the transient state to
compare simulations and experiments under dynamic conditions of the rotor system of
hypoid gears at a certain instant time of interest in practice. However, it is more practical to
compare the load response and the speed response in the steady state, which reflects typical
dynamic behaviors of hypoid gears but can also be easily compared between simulations
and experiments. The comparison is conducted mainly in the frequency domain and in the
form of average maximum magnitude (AMM) and root mean square (RMS) in a steady
state after a specified period of time. The time-domain data of vibrations picked from
simulations and experiments are processed into the form of AMM and RMS before they are
compared to each other. The load and speed responses are used to evaluate the dynamic
behaviors of hypoid gear rotor systems under different tooth contact conditions. Detailed
comparisons are performed next in Section 5 for hypoid gears of a domestic popular vehicle.
The design data and generating settings are listed in Table 1.

Table 1. Basic design specifications of the hypoid gear pair 41 x 11 on the driving side.

Design Parameters Symbols Pinion Gear
Number of teeth 21,22 11 41
Spiral direction Left Right
Pitch diameter dy N/A 295.00
Shaft offset (mm) E 25.40
Face width (mm) by, by 44.57 41.00
Outer cone diameter (mm) de1,den 156.32 273.57
Mean spiral angle (deg) Bo1, Bo2 45.08 48.08
Pitch cone angle (deg) 61,62 11.82 77.92
Face cone angle (deg) 6a1,0m2 16.18 78.57
Root cone angle (deg) 5r1,0p2 11.17 73.45
Face cone point 041,00 —0.68 0.64
Pitch cone point O, Om —7.24 0.39
Root cone point Or1,0p —1.62 0.08

For torsional vibrations, the angular positions in the unit of prad of the pinion and
the gear are measured by two rotary encoders on both shafts. Respective torsional vi-
brations of the pinion and the gear are combined as DTE when the rotor system of
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the hypoid gears runs at high speed, and the dynamic effect must be considered. Let
Ap(T)|k = [Ap1, Ao, A3, Agy, . .., Ag,]| denote the n number of dynamic LTEs collected
from its theoretic formula A¢ = ¢, — y¢@; in steady state for a specified period, where
T is the specified period of the measurement operation, A¢;, is the error value for a pre-
defined time interval by dividing 7, and k is one of the tests or measurement operations,
i.e., different k corresponds to any of the load and speed differences of the numbers of
test operations. For each test operation k under different load and speed conditions, g,
denotes the AAM operation obtained from g, = maxium(A¢y)|, and gyms denotes the
RMS operation obtained from gyms = [Y(A@n|i) /n]%.

For translational vibrations, let X|, = [x1,x2,X3,...,Xn], Y|x = [v1,¥2,¥3,---,yn), and
Z|x = [z1,22,23,...,2n] denote the collected vibration data in x, y and z-axis directions,
respectively, where k is the kth test operation under different load and speed conditions
[T, wp]|k. The collected time-domain vibration data [x¢, y, z¢]|x in an instant of time t of
experiments is transformed into frequency domain vibration data [xf, ¢, zf]|x in the Origin
software by performing the fast Fourier transform (FFT). Let 1, w), f;, and f denote the
order number, the pinion speed, the revolution, and the mesh frequencies of the rotor
system, respectively. Thus, the revolution frequency is f, = 60w, the mesh frequency is
fm = z1fr, and the frequency of the primary resonances at the nth order (n=1,2,3,...)
is fu = nz1fr = 60nziwy,. The RMS operation that expresses the overall intensity of the
vibration is d;ps = [Z(xj%n + yjzcn + ijfn) /3)]%3|, obtained from vibrational magnitudes of
the frequency domain of [xf,, Y ¢, Zf,] |k in x, y and z directions at frequencies f, of different
orders .

5. Results and Discussion

This study uses two hypoid gear pairs for experimental testing, with the gear and
pinion produced by Gleason 116 and 609 machine tools, respectively. Design specifications
for hypoid gear pairs are listed in Table 1.

The pinion speed is set to different test conditions for testing variation effects in tidal
current and flow reversals. For this study, the hypoid gear model 41 x 11 is subject to two
different machine-tool settings to produce two pairs of gears under two different tooth
contact conditions according to the machine-tool settings in Tables 2 and 3, respectively.
One hypoid gear pair has a normal tooth contact condition, and the other has a slight edge
contact condition to generate a different LTE and MS. Two hypoid gear pairs are obtained
in two different tooth contact conditions by modifying the cutter radius and the other
machine-tool settings, the details of which are omitted here.

Table 2. Machine-tool settings of gear pair No. 1 in the normal tooth contact condition.

Settings of Machine Tool Symbols Pinion Gear
Sliding base X1, Xp 28.78 87.94
Machine center to back Xp1, X 2.63 —3.63
Flank offset Eo1, Eo2 24.38 76.59
Machine root angle (deg) Om1, 02 357.78 20.40
Cradle radius S;V,H 117.12 25.38, 99.50
Cutter-head title angle (deg) i 18.59 0
Cutter-head swivel angle (deg) j —43.53 0
Cutter-head diameter 211,210 229.36 112.95
Cutter-head blade angle (deg) X1, %02 14 20

Roll ratio M1c, Mc 3.67 0
Milling method generating forming
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Table 3. Machine-tool settings of gear pair No. 2 in the tooth edge contact condition.

Settings of Machine Tool Symbols Pinion Gear
Sliding base Xy, Xo 23.57 87.94
Machine center to back Xp1, Xp2 —0.86 —3.63
Flank offset Eor, Ep2 22.39 76.59
Machine root angle (deg) OMm1, OM2 358.35 20.40
Cradle radius S;V,H 115.68 25.38,99.50
Cutter-head title angle (deg) i 17.95 0
Cutter-head swivel angle (deg) j —40.67 0
Cutter-head diameter 211,21 245.45 112.95
Cutter-head blade angle (deg) g1, K02 14 20

Roll ratio M1c, Mc 3.63 0
Milling method generating forming

5.1. LTE and Its Harmonic Components

LTEs are obtained from the simulation and the experiments under a torque load of
50 to 450 Nm, respectively, under quasistatic conditions. The speed is fixed at a very low
50 rpm, at which the dynamic effect can be neglected. In an ABAQUS-based FE analysis,
the angular positions of the pinion and the gear can be read, respectively, at each step
of mutual rotations from pre-setting in the software. In experimental tests, the angular
positions of the pinon and the gear can be collected from rotary encoders. LTEs are therefore
calculated according to its definition formula in Section 3.2. The two pairs of solid gears
of the hypoid gears are produced by Gleason 116 and 609 milling machines, and two 3D
tooth contact models for FE analysis are constructed in CATIA according to the generating
methods in Section 3, based on the model data in Table 1 and two different settings of the
machine tool in Tables 2 and 3, respectively. Then, two 3D models are transformed into FE
tooth contact models by completing the mesh division. The tooth contact analysis for two
different FE models is performed in ABAQUS, and experimental tests for two solid gear
pairs are conducted on the test rig of Figure 6. Figures 7-9 show their respective contact
patterns, LTE, and their harmonic components of the primary resonances in the frequency
domain under two different contact conditions of the teeth of interest when the pinion
shaft has exerted a torque of 350 Nm. Under normal tooth contact conditions, LTE curves
from both the FE model and experiments have a regular sine shape, whereas, under edge
tooth contact conditions, they do not. The fast Fourier transformation (FFT) is performed
for the LTE data in the time domain of the simulation and experiment, and Figure 9 shows
their respective harmonic components of the primary resonances from frequencies 1f;, to
8fm, where f, is the mesh frequency. The simulation result is similar to the experiment,
which suggests that hypoid gears under edge tooth contact conditions have more harmonic
components than under normal tooth contact conditions. Experimental results suggest that
in the frequency domain, LTE has a lot of high-frequency harmonic components under both
edge and normal tooth contact conditions. In addition, tooth contact patterns demonstrate
high sensitivity to milling parameter variations under bidirectional tidal loading conditions,
resulting in distinct TE and MS characteristics during flow reversals.

Normal (left) vs. Edge contact (right) Normal (left) vs. Edge contact (right)

contact pattern by FE contact pattern by FE contact pattern by tests contact pattern by tests

i — E—

Figure 7. Contact pattern comparisons between two gear pairs under different tooth contact conditions.

137



Machines 2025, 13,178

Normal contact condition

V8.

Edge contact condition

LTE calculated by FE LTE calculated by FE
_5 -5
o JANANANVANIWA = A N A
= =
=
= 1 \ v Y V | - s ! \ ! ! | |
1 2 3 4 5 0 1 2 3 4 5
Mesh cycles Mesh cycles
LTE measured by tests LTE measured by tests
10 10
g . 5 VAL A AL
£ g
3 25 ( | S -25] 4
& y \ 5 f v
— 15 V v \\f v L —15 \(\/ L\/
0 1 2 3 4 5 0 1 2 3 5
Mesh cycles Mesh cycles

Figure 8. LTE yielded from the FE method and rolling tests under input torque 350 Nm in two

different contact conditions.
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Figure 9. Fourier components of LTE under different contact conditions.

LTE, as one of the primary exciting sources, contributes to the unique dynamic charac-
teristics of hypoid gears, and loaded TE is often used to predict possible dynamic behaviors
of the rotor system. However, the exact dynamic behaviors of the hypoid gear rotor system
have to be evaluated by torsional vibrations; in most cases, it is reflected by the dynamic
TE in the form.

Primary resonances of the first five orders of the Fourier series of LTE e(t) thus can be
written as

5
e(t) =ey+ 2 e; cos(iwyt + ¢;) (14)
i=1
where i and wj, are harmonic order and mesh frequency, respectively, eg and e; are the funda-

mental and the ith order harmonic component of LTE, respectively, and ¢; is phase position.

5.2. MS and Its Harmonic Components

MS is extremely difficult to measure directly from rotary encoders in experimental
tests, according to the accessible public literature. In this study, MS under two different
tooth contact conditions is obtained from the Cooley local slope approach using the finite-
difference formula presented in Section 3.2, based on the angular position data of the FE
tooth contact model.

Figure 10 shows the MS of two pairs of gears of the chosen commercial hypoid
gears model, which are obtained from the finite-difference formula of Cooley’s local slope
approach under two different normal and edge tooth contact conditions in the simulations
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using data from the FE tooth contact analysis. The MS of the gears is usually shaped like the
letter “n”, i.e., there are steep rises and falls on two sides, suggesting that the contact shift
occurs on different teeth. The Fourier series of MS yielded from FFT replaces time-domain
MS as input nonlinear exciting source to perform dynamic analysis using the dynamic
motion model presented in Section 2, which provides a direct correlation between the
exciting and response frequencies for this study. The time-varying MS k, (t) for primary
five orders of Fourier series shown in Figure 11 thus can be written as

5

k(t) =ko+ Z k] COS(j(Uhf + (p]), (15)
=1

where j and wj, are harmonic orders and mesh frequency, respectively, kg and k; are the
fundamental and the jth order harmonic components, respectively, and ¢; is phase position
of the jth harmonic component. In parametric theory, the time-varying MS of the gear pair
may enhance the second-order harmonic vibration of its rotor system.
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Figure 10. MS simulation results under two different tooth contact conditions and its Abaqus analysis
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Figure 11. Harmonic components of MS under two different tooth contact conditions.

5.3. Torsional Vibrations

The torsional vibrations of the pinion #; and the gear 6, are usually illustrated by
DTE (01, 6,) which graphically assesses the dynamic characteristics of the geared systems.
Figure 12 compares two DTEs in steady state under two different tooth contact conditions
of normal and edge, and the results of two tooth contact conditions are obtained from
Equations (8) and (9). The DTE figures suggest that the periodicity in the case of normal
tooth contact is better than in the case of edge tooth contact, or in the case of edge tooth
contact, the rotor system may behave periodically for a sufficiently long period. Compar-
isons also suggest that the dynamic behavior of hypoid gears under the edge tooth contact
condition has more complex harmonic components. In contrast, LTEs under two different
tooth contact conditions in a quasistatic state have perfect periodicity due to the milling
consistency in each tooth-form geometric deviation shown in Figure 8.
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Figure 12. Dimensionless dynamic TE under two different tooth contact conditions of normal and
edge in steady state.

It is difficult to compare DTEs directly between simulations and experiments, which
are yielded, respectively, from the torsional equations and data of rotary encoders as
measured. In reality, torsional vibrations of experiments are resultant signals that may
include various harmonic components such as shaft revolution and noise of bearing sys-
tems, in addition to mesh frequency and harmonic frequencies excited by TE and MS. The
DTEs of experimental results are filtered to eliminate the shaft revolution signal in low
frequency and the noise signal of bearing systems in high frequency before compared to
that of simulations. Comparisons of load and speed responses are performed between
the filtered experimental data and the simulation data, which are evaluated by AMM and
RMS under two different tooth contact conditions. The proposed comparisons of the load
and speed responses in AMM and RMS are expected to provide a comprehensive and
accurate understanding of the dynamic characteristics of the gear systems. In simulations,
the torsional vibrations of the pinion ¢; and the gear 6, are solved numerically using the
Runge-Kutta method in Equations (8) and (9), which adopts ¢y, e(t), and k(t) to be used
as equation parameters to investigate the response of load and speed to exciting sources
of TE and MS. The mesh damping is a constant c,, = 500 N-s/m. In experiments, the
torsional vibrations of the gear pair are measured by two rotary encoders under different
experimental testing conditions: the speed ranges from 50 to 1400 rpm on the pinion side,
giving a mesh frequency f,, = 0.55-15.4 kHz; and the sampling frequency f; is set four
times the mesh frequency f;; in each sufficiently high test; and the load ranges from 50 to
450 Nm.

AMM and RMS of the load and speed responses are computed according to the data
process method presented in Section 4.2, and they are compared between simulations and
experiments. Two gear pairs of the normal and the edge tooth contacts are tested under the
aforementioned conditions in the previous paragraph, and the measurement procedure
starts after the rotor system runs for a long period, which ensures the system has been
in a steady state. The blue and red curves in Figure 13 are experimental data in units of
1072 prad in the left ordinate and simulation data scaled by dimensionless coordinates in
the right ordinate, respectively.

Figure 13a,b are load responses (LRs) in AMM and RMS of simulations and experi-
ments, which are observed roughly the same between two different tooth contact conditions
of the edge denoted by the dotted line and the normal denoted by the solid line. The load
responses in AMM and RMS decrease slightly during light load and then increase continu-
ously, and experiments suggest that the rotor system of hypoid gears is in an unstable state
in which behaviors sustained angular vibrations between 50 and 75 Nm of the light input
load condition.

Figure 13c—f are the speed response (SR) in AMM and RMS to the pinion speed
between simulations and experiments under two different tooth contact conditions of the
normal and the edge. Primary resonance vibrations are observed from both simulations
and experiments, which are put together in figures. According to Section 4.2, primary
resonances at the nth order are f;, = 60nz;w). Experimental tests of the two pairs of hypoid
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gears suggest that primary resonances of first and second orders occur at f; = 858 kHz and
f2 =1716 kHz, which correspond to pinion speeds of 1300 rpm and 2800 rpm, respectively.
Figure 13c—f show that simulations and experiments share similar dynamic behaviors
in SRs evaluated by AMM and RMS. Importantly, SR figures show that the gear pair
under edge tooth contact condition has a larger magnitude of AMM and RMS during
flow reversals according to experiments and simulations, and edge tooth contact has more
complex harmonic components, which confirms empirical predictions.

LRs under edge and normal contacts dotted by blue and red curves Normal tooth contact
(@) LRs: AMM ¢, (102 prad) (b) LRs: RMS g, (102 prad) (¢) SRs: AMM ¢, (1072 prad)
=180 | 15 5.0 24 80
“ 1o 2.1 70
6.0

10 1.9 6.0
40 20 1.6 j 5.0
1.3 4.0

0.6 2.0 02 1.0 —

50 75 280 450 50 75 280 450 0 1125 2250 3375 4500
Pinon speed w, (rpm)
Input torque 77 (Nm) Input torque 77 (Nm)
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Pinon speed w, (1pm) Pinon speed w, (rpm) Pinon speed w, (rpm)

Figure 13. Angular LRs and SRs between experiments and simulations denoted by blue and red
curves, respectively.

5.4. Translational Vibrations

Translational vibrations of two pairs of hypoid gears are also investigated by exper-
iments that use an accelerometer shown in Figure 6 to collect vibrational accelerations
[x¢t,yt,2¢] of the time domain in x, y, and z directions. The data in the time domain are
transformed by FFT into the data in the frequency domain [xf, ¥, z¢] and then processed
into d,;us, which reflects the overall intensity of the vibration. The overall intensity of
vibrations is for further analysis of gear pairs, and the detailed data process is presented in
Section 4.2. Figure 14 shows the vibrational accelerations collected [x¢, y, z¢] of the time
domain from one of multiple experimental tests under different load and speed conditions.
The time-domain vibrational accelerations suggest that z; in the up and down direction has
a slightly smaller magnitude than in the horizontal directions x; and y;. Figure 15 shows
the vibrations in the frequency domain to examine consistency in different directions x, y,
and z under the condition that the pinion speed remains at 3000 rpm. At the remaining
speed, frequencies of the first three orders of primary resonances are 1980 kHz, 3960 kHz,
and 5940 kHz, respectively. The multiple experimental tests suggest that the magnitudes of
primary resonances of the gear pairs of hypoid gears in different directions are different.

The general intensity of vibration d,,s that goes with the increase of the pinion speed
wyp is obtained from the accelerations in the collected time domain at each increase in the
pinion speed, which corresponds to the nth order vibrational frequency f, = 60nzjw,. The
vibration order 7 in the gear vibration refers to a dimensionless quantity that represents
the frequency of vibration normalized by the rotational speed of a reference component,
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e.g., the gear shaft. It defines how many times a vibration event occurs per revolution of
the component. For example, in the first order n = 1, vibration corresponds to a frequency
equal to the rotational frequency of the shaft, and the order n typically relates to the gear
meshing frequency multiplied by # times the shaft speed generated by periodic tooth
engagement. The overall intensity of vibration d,,s in the frequency domain is compared
between two pairs of gears under two different tooth contact conditions by a large number
of experimental tests, as shown in Figure 16. The proposed comparisons suggest that the
gear pair in the case of edge tooth contact has higher vibrational intensity d,,s than in the
case of normal tooth contact. The general increase in the intensity of the vibration d, ;s
is significantly correlated with the increase in the pinion speed of the order n = 2, which
means that the second order of the pair of gears of the hypoid gears increases the power
losses in the conversion of the tidal energy. According to the figures, two pairs of gears
under different tooth contact conditions of normal in solid line and edge in dashed line
share a similar trend in three all orders n = 1, 2, and 3. However, the overall vibration
intensity d, ;s in the case of the edge tooth contact increases higher than in the case of the
normal tooth contact, along with the rotation speed of order n = 2.

(a) xdirection (b) y direction (¢) zdirection

2.0 2.0 2.0
-2.0 -20 -2.0
300 301 302 303 304 305 300 301 302 303 304 305 300 301 302 303 304 305

Figure 14. Measured accelerations in unit of ¢ in x, y and z directions for 5 s at pinion speed 3000 rpm.
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Figure 15. Primary resonances of the first three orders at 1980 kHz, 3960 kHz, and 5940 kHz in x, y,
and z directions.
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Figure 16. Translational SRs in RMS at orders of =1, 2, 3, and vibrational frequencies f;, = 60 nz1wy.

Based on experimental findings and numerical analyses, several key solutions can be
proposed for optimizing hypoid gear transmissions in tidal energy-harvesting systems,
including: (1) implementation of modified tooth profile parameters during the manu-
facturing process, specifically adjusting the cutter radius and machine-tool settings to
achieve optimal contact patterns that can better accommodate bidirectional loading; (2)
development of specialized inspection protocols that focus on characterizing tooth con-
tact patterns under simulated tidal loading conditions prior to deployment, particularly
examining behavior during flow-reversal phases where edge contact is most prevalent; and
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(3) integration of advanced monitoring systems utilizing high-precision rotary encoders
and triaxial accelerometers to detect early signs of adverse contact patterns, especially
monitoring second-order primary resonances, which this study identified as key indicators
of edge contact development.

6. Conclusions

This study presents a comprehensive investigation of the dynamic behaviors of hypoid
gears under variable tidal current energy-harvesting conditions, with particular emphasis
on the effects of tooth contact patterns during bidirectional loading cycles. The study fo-
cuses on dynamic responses induced by internal excitation sources, specifically TE and MS,
under characteristic tidal current variations and flow reversals. Comparison of torsional
and translational vibrations between the two gear configurations, supported by both nu-
merical simulations and experimental validation, yields the following significant findings.

(1) tooth contact patterns demonstrate high sensitivity to milling parameter variations
under bidirectional tidal loading conditions, resulting in distinct TE and MS characteristics
during flow reversals.

(2) Frequency domain analysis reveals that marginal edge tooth contact significantly
amplifies the high-frequency harmonic components of TE and MS, particularly during tidal
flow transition periods.

(3) Speed response measurements in multiple experimental trials confirm that edge
contact-induced harmonic components generate additional angular vibrations in the high-
frequency domain during flow reversals, validating the numerical predictions from the
torsional model.

(4) Under variable tidal current conditions, tooth contact patterns significantly in-
fluence the dynamics of the system, with second-order primary resonances that exhibit
elevated vibration intensities during flow transitions, leading to increased power losses in
the conversion of tidal energy.

Generally, edge contact deteriorates the dynamic performance of hypoid gears, adding
vibrations to the rotor system, particularly in high-frequency components. The short con-
tact pattern decreases the contact load capacity, and the long contact pattern increases the
risk of edge contact according to the tooth contact analysis and the pattern check obtained
from the FE analysis and experimental rolling tests. The radius of the cutter head, along
with the other generating settings of the pinion, significantly changes the contact length so
that the appropriate radius of the cutter head is important, and the recommended cutter
head for the pinion of the 41 x 11 hypoid gear pair is the radius between 2r, = 225.10 mm
and 2r; = 241.48 mm. The findings demonstrating heightened vibration intensity and com-
plex harmonic components during flow reversals suggest that future TCEC designs must
incorporate advanced tooth contact optimization strategies and precision manufacturing
controls to mitigate edge contact conditions under bidirectional loading. These results
have significant implications for drivetrain reliability and power conversion efficiency,
particularly in terms of tooth profile modifications and MS characteristics to accommodate
the unique combination of high-torque loads and cyclic flow reversals that characterize
tidal energy-harvesting conditions.
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Abstract: Asymmetric double-suction centrifugal fans are commonly employed in home
kitchens to remove cooking pollutants, and their performance is critical to maintaining a
healthy indoor environment. However, inlet condition variations significantly influence the
aerodynamic efficiency and noise levels. This study utilizes a combination of performance
testing and a large eddy simulation to analyze the impact of different inlet conditions on the
performance curve, impeller outlet pressure pulsation, unsteady flow structures, and sound
quality of an asymmetric double-suction centrifugal fan. A non-uniform air distribution
at the inlet is proposed to enhance the fan’s aerodynamic and noise characteristics. The
findings reveal that when the inlet area is reduced to less than 70% of its fully open state,
the aerodynamic performance declines with decreasing intake area. The amplitude of the
superimposed blade-passing frequency is minimized when only the left inlet is open; the
pressure coefficient’s fluctuation amplitude in the time domain reaches 0.4, with sharpness
peaking at 3.1. In the optimized design, the maximum deviation in total pressure efficiency
is limited to 1.96%, with loudness reduced by four sones and improved sharpness and
roughness. These results provide valuable insights into the design and noise reduction of
asymmetric double-suction squirrel-cage fans.

Keywords: inlet condition; large eddy simulation; vortex structure; pressure pulsation;
acoustic quality characteristics

1. Introduction

Squirrel-cage fans are widely used in ventilation, fire protection, and smoke exhaust
fields due to their high flow rate and low noise [1,2]. These fans are the core power of
range hoods, mainly used to remove the fumes generated during cooking. They are also
an important source of noise in home environments and will impact human health [3,4].
During the actual operation of the range hood, the inlet conditions and structure will be
dynamically adjusted according to the working status of the stoves on both sides below to
improve the capture efficiency, forming different intake conditions, which can bring about
non-uniform inflow, thereby affecting the aerodynamic performance, internal unsteady
flow, and noise of the fan [5-7]. On the other hand, under the influence of the motor’s
structure and space size limitations, the flow separation inside the double-suction squirrel-
cage fan is further increased [8-11].

Machines 2025, 13, 463

146

https://doi.org/10.3390 /machines13060463



Machines 2025, 13, 463

Currently, research methods for analyzing the internal pressure pulsation characteris-
tics of fans include numerical simulations, experimental studies, and theoretical approaches.
Kirchhofer et al. [12] conducted a comparative study using different turbulence models (S-
A, k-¢, and SST k-w) to simulate the flow field within a fan and compared these results with
particle image velocimetry measurements. Their findings showed that the SST k-w model
provided the most accurate predictions for the characteristic curves and internal velocity
fields. Similarly, Yang et al. [13] demonstrated that the SST model offers the lowest error in
performance predictions when simulating a range hood equipped with a squirrel-cage fan.

The known literature indicates that the pressure and its fluctuations are highly consis-
tent with the noise characteristics of the fan. It is feasible to study the pressure pulsation
characteristics inside the fan to reflect the noise characteristics of the fan. Ballesteros-
Tajadura et al. [14], Li et al. [15], and Xu et al. [16] all used numerical simulation methods to
obtain the pressure pulsation inside the fan impeller, and the numerical calculation results
matched well with experimental values. Zhang et al. [17] calculated the three-dimensional
unsteady flow and acoustic field of the fan via direct computational aeroacoustics based
on the lattice Boltzmann method. Experimental data from the performance test bench and
the semi-anechoic chamber were used to validate the accuracy of the numerical simulation
results. Min et al. [18] used URANS and FFT to analyze the interaction between the rotors
of a centrifugal fan and its impact on acoustic performance. Zhang et al. [19] proposed
an experimentally based vibration noise optimization control method for a particular cen-
trifugal fan, leading to a 6.23 dB reduction. Xiao et al. [20] introduced a new empirical
noise model to more accurately predict fan noise. Velarde-Su’arez et al. [21,22] found a
significant circumferential asymmetry in the magnitude and direction of the velocity of a
squirrel-cage fan. Oro et al. [23-25] presented a numerical methodology to evaluate the
flow unsteadiness and impeller-tongue interaction. Kato [26] captured the large eddies
in the flow and found that the large eddies were the primary noise source. Liu et al. [27],
using large eddy simulation and acoustic analogy theory, analyzed the flow noise at a
natural gas transmission and distribution station. A small hole muffler was designed to
effectively reduce low-frequency noise by up to 37.4 dB, with an average noise reduction of
approximately 20.9 dB. Deng et al. [28-30] mentioned more efficient and advanced CFD
tools that could improve the LES results.

In the study of internal flow characteristics and optimization improvements for double-
suction squirrel-cage fans, the primary areas of focus include flow deflectors, blade profiles,
and volute designs. Gholamian et al. [31] studied the impact of four inlet nozzle sizes on fan
performance and found that the inlet nozzle size and the impeller inner diameter are crucial
for fan efficiency. Huang et al. [32] found that range hood noise predominantly consists
of discrete low-frequency components, with most of the noise being transmitted through
the inlet. Lv et al. [33] demonstrated that biomimetic volutes can significantly enhance
aerodynamic performance under rated conditions. Lei et al. [34] showed that installing
flow straighteners can notably reduce vortex intensity. Liu et al. [35] introduced a non-
axisymmetric D-type inlet nozzle to mitigate severe backflow development at the volute
tongue. Jiang et al. [36] explored a random modulation method to reduce tonal noise and
reshape the noise spectrum. Xiao et al. [37] optimized the blade shape of the squirrel-cage
fan within a range hood using a surrogate model, resulting in a 2.9% increase in maximum
volume flow rate in the optimal design. In recent years, several scholars [38—42] have
developed optimization design methods to enhance the aerodynamic performance and
reduce the noise of centrifugal fans, achieving positive results in engineering applications.

In conclusion, the noise sources within squirrel-cage fans are intricate, primarily stem-
ming from complex, unsteady flows. However, existing research predominantly addresses
uniform air intake, fan placement within equipment, and steady-state simulations. These
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approaches fall short in examining the internal flow dynamics and noise distribution char-
acteristics of asymmetric double-suction squirrel-cage fans under non-uniform air intake
conditions. There is a significant gap in understanding noise quality. The present study
employs large eddy simulation (LES) numerical methods to analyze the internal flow of
asymmetric double-suction centrifugal fans integrated within complete equipment. It in-
vestigates the impact of varying air intake conditions on impeller outlet pressure pulsation,
internal complex flow patterns, and noise characteristics at the operator position. This
research aims to offer valuable insights and a solid theoretical foundation for optimizing
the design of dual-suction centrifugal fans.

This study introduces a non-equal flow inlet scheme, derived from unsteady simula-
tion analysis and noise testing, that enhances the aerodynamic performance and reduces
noise in asymmetric double-suction centrifugal fans. While this approach offers significant
engineering guidance, further research is necessary. Future work should include integrating
kitchen space considerations, performing multi-phase flow coupling analysis, accounting
for human behavior and smoke exhaust conditions, accumulating measurement data, and
developing a reduced-order analysis model for inlet parameters, aerodynamic noise, and
air pollution concentration. Additionally, establishing a multi-objective optimization model
for air quality and kitchen noise levels, dynamically optimizing inlet conditions, and en-
suring superior performance of squirrel-cage fans across various operating scenarios will
be essential.

2. Aerodynamic Performance Analysis
2.1. Fan Model

This study focuses on an asymmetric double-suction squirrel-cage fan used in range
hoods. Figure 1a illustrates the internal structure of the device, where the test fan is
mounted in the upper fan frame. The square intake chamber is divided into two paths by
the double-suction fan: the front and rear. The front path is associated with the narrow
blade side, while the rear path corresponds to the wider impeller side. Airflow is drawn
from a narrow, tapered duct below, passing through the front and rear intake chambers
before entering the fan via the respective intake nozzles. A motor and its support structure
are located in the narrow impeller channel, and these elements, along with the dimensions
of the intake chambers and airflow conditions on both sides of the range hood, create
asymmetric intake conditions. Consequently, the flow field analysis in the subsequent
sections primarily compares the flow structures between the wide and narrow impellers
corresponding to the front and rear paths.

Oulet collector

L/ Wide impeller

_—Inlet nozzle

Narrow impeller _ Volute togue _

|_— Volute

Air-flow passages

@) Inlet area S 2 (b)

Figure 1. Schematic of the test range hood: (a) entire machine; (b) squirrel-cage fan.
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The critical parameters of the test fan are illustrated in Figure 1b, with the specific
values provided in Table 1. The rotor inner and outer diameters are 210 mm and 254 mm,
respectively. The blade design features a single circular arc structure, with inlet and outlet
angles of 105° and 167°. The impeller widths are 128 mm on the wide side and 50 mm on
the narrow side. In this study, a fan speed of 1200 rpm and a flow rate of 12 m3/min were
chosen based on typical operating conditions for residential kitchen range hoods. These
parameters represent common usage scenarios, ensuring that the results are applicable to
real-world situations. These parameters represent common usage scenarios, ensuring that
the results are applicable to real-world situations.

Table 1. Design parameters of a double-suction centrifugal fan.

Parameter Value
Impeller inlet diameter 209 mm
Impeller outlet diameter 232 mm
Impeller width 128 mm /50 mm
Blade inlet angle 105°
Blade outlet angle 167°
Volume flow rate 12 m3/min

2.2. Test Device

The aerodynamic performance testing apparatus is based on the Chinese range hood
measurement standard GB/T 17713 [43]. The experimental setup in Figure 2 has a flow
measurement range of 0-35 m®/min. Local atmospheric pressure, temperature, and hu-
midity are recorded using an environmental temperature and humidity sensor and input
into the aerodynamic performance measurement software, with temperature measurement
errors of 0.5 °C and humidity measurement accuracy of 1%. An air conditioning system
in the laboratory maintains the experimental environment at around 20 °C and 85% relative
humidity. The motor current is controlled via different settings on the electronic control
panel to adjust the fan speed displayed on the control panel. Various nozzle combinations
are used to simulate different fan operating conditions.

Product Test chamber variable exhaust system
i i /
=P
l | B/N\E
11l i

Pressure device

Figure 2. The aerodynamic performance testing device.

2.3. Analysis of Aerodynamic Performance

Given the variation in cooking habits, long-term use of range hoods can lead to oil
accumulation, potentially causing blockages in the inlet structure. On the other hand,
dynamically adjusting the inlet conditions and structure according to the working state of
the stoves on both sides below becomes a scheme to improve the effect of cooking fume
absorption. Additionally, the rotational direction of the impeller may result in uneven inlet
flow fields. To address these issues, nine specific inlet conditions have been defined, as
illustrated in Figure 3.
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Figure 3. Nine inlet conditions with considering the direction of rotation.

The data are derived from aerodynamic performance tests. To ensure accuracy, we
compared measurements taken at different times and with various fan products, main-
taining a deviation in air volume measurement of no more than 1%. Data were collected
while testing nine different inlet conditions at a constant fan speed. For each condition,
we gathered 13 sets of data on air volume, static pressure, total pressure, and power by
adjusting the nozzles. Using this information, we calculated the total pressure efficiency.
The experimental results presented in Figure 4 demonstrate that the size of the range hood’s
air inlet area has a substantial impact on its aerodynamic performance. Interestingly, the
fan’s performance is better when the inlet is 90% open on both sides compared to when it
is fully open. This improvement is likely due to excessive airflow velocity changes from
the range hood’s inlet to the fan’s inlet, which leads to flow loss. However, when the inlet
area is reduced to less than 70% of the fully open condition, the aerodynamic performance
declines as the inlet area decreases. Additionally, at 30% left and right openings, a notice-
able difference in aerodynamic performance is observed, suggesting that the optimal inlet
area is asymmetrical between the left and right sides.

800 800 T T
—— Full open —#— Full open
—e— Left open 90% —e— Right open 90%
—4— Left open 70% —a— Right open 70%

600 \ —v— Left open 50% | 600 \ —v— Right open 50%

E —&— Left open 30% = —&— Right open 30%
- > .

& ~—<— Resistance curve < —<— Resistance curve
g | 2 N\
% 400 AN A % 400 N 4
2 a
2 2
g g
N 2]

" ) // \ 5 . e // \\

0 0
0 4 8 12 16 0 4 8 12 16

Flow rate (m*/min)

4

Flow rate (m’/min)

a) Left open (b) Right open
P ght op

Figure 4. Aerodynamic performance of nine inlet conditions.

Figure 5 illustrates the maximum total pressure efficiency for the nine different inlet
conditions, revealing distinct patterns between the left and right inlet areas. The highest
efficiency occurs under fully open and 90% right opening conditions. Conversely, the
maximum total pressure efficiency drops significantly when the right inlet is only 30% open.
This suggests that as the left opening area decreases, the resistance in the air duct increases
in a nonlinear manner, while the left side shows a linear decrease in efficiency.
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Figure 5. Maximum efficiency of nine inlet conditions.

3. Analysis of Internal Flow Characteristics
3.1. Numerical Method

The kitchen model in this paper represents a typical household kitchen layout, as
shown in Figure 6, with overall kitchen dimensions of 3.6 m x 2.1 m x 2.1 m. There are
60 blades in the impeller, consisting of a wide and narrow impeller, forming a double-
suction structure. Moreover, a 1200 rpm speed resulted in a blade-passing frequency of
1200 Hz and a shaft frequency of 20 Hz. Other parameters are listed in Table 1. The
entire computational domain is meshed using ANSYS ICEM 2022R1, with hexahedral
mesh division for the impeller and refinement of the impeller blade wall mesh shown in
Figure 7, ensuring a rotational domain with y* < 1. The remaining areas are meshed using
tetrahedral elements.

Inlet Inlet Inlet
condition 1 condition 2 condition 3
(open left) (open right) (both open)
«— 2100 mm ——»
Narrow
impeller
Wide
2100 mm impeller

Air Inlet —> —

= Volute

3605 mm ———>

Figure 6. Three-dimensional layout.
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Partial mesh

%

Figure 7. Schematic diagram of the grid.

Based on the aerodynamic performance analysis in the previous text, an internal

flow study was conducted on the inlet conditions of 50% left opening, 50% right open-

ing, and full opening. These conditions were named inlet condition 1, inlet condition 2,

and inlet condition 3, respectively, to further analyze the internal mechanism for the

performance differences.

At the rated operating conditions, the LES was employed to numerically simulate

seven different mesh partitioning schemes. This turbulence model can derive the LES

governing equations by adding a filtering function to the Navier—Stokes equations.

o
+—+5;
ax]'
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ot ax;c " pox;  Ox; oxj  0x;

Tjj is the subgrid-scale stress, abbreviated as SGS stress, expressed as:

fj = Ujllj — Ujll;

The most commonly used subgrid-scale model is the Smagorinsky-Lilly model.

1

T3

5Tk = —207S;j
Sjj is the strain tensor, vy is the subgrid-scale turbulent viscosity.

vr = (GsA)?|S|

S| = 1/25iiSy

A is the filter width, C; is the Smagorinsky-Lilly constant, take Cs = 0.1.
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The computational domain was evaluated based on whether the total fan pressure

stabilized as the grid number increased to verify mesh independence. When the grid num-

ber exceeded 9.18 x 10° under consistent computational conditions, changes in the total

fan pressure became negligible. A grid total of 9.18 x 10° was selected for the numerical

simulation to balance computational efficiency and accuracy. The mesh configuration is

illustrated in Figure 8.
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Figure 8. Relative error with grid number.

Steady-state simulations were conducted using the SST k-w turbulence model, chosen
for its comprehensive accuracy as the optimal eddy-viscosity model. The entire compu-
tational process was carried out in ANSYS Fluent. The inlet boundary condition was
defined as a pressure inlet, while the outlet was set as a mass flow outlet with a flow rate of
12 m3/min. Interfaces were applied at the boundaries between different regions to enable
efficient data transfer.

The steady-state results are used as initial values for unsteady simulations. The
sliding mesh model facilitates data transfer at the dynamic—static interface. The numerical
calculations are set to rotate the impeller by 0.5 degrees per step, with a corresponding time
step of 6.9444 x 107> s. Moreover, a comparison of the pressure curves obtained from the
experiment and CFD calculation is shown in Figure 9. The results from both the simulation
and experiments show a strong correspondence in the high flow rate region. In the low
flow rate area, the trends of both results are generally consistent, with the maximum error
kept within 3%.

1200
—e—Experiment

——CFD

8
o
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o

600

400
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200
0 5 10 15 20 25

FLow rate Q (m?*min)

Figure 9. Comparison of experiment and CFD calculation.

3.2. Flow Field Analysis

In the overall streamlined analysis (Figure 10), inlet condition 3 demonstrates lower ve-
locities and more uniform streamlines at the fan inlet compared to inlet conditions 1 and 2.
The figure reveals that fluid entering the fan inlet does not do so uniformly, which is a
critical factor to consider in numerical simulations when modeling the kitchen environ-
ment. To examine the flow state near the impeller, two planes (Planes 1 and 2) were created.
Figure 11 shows that while the flow under inlet condition 3 is relatively uniform, there is a
distinct low-speed zone in the middle area. Under inlet conditions 1 and 2, the velocity
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distribution within the intake chamber is uneven, with large low-speed zones in non-intake
regions and increased vortex separation. Given the impeller rotation direction, airflow
under inlet condition 1 enters from the left side, affecting the impeller’s rotation direction.

(a) Plane 1 (b) Plane 2

Figure 10. Slice schematic diagram.

Figure 11. Vorticity and streamline distribution (Plane 1).

Figure 12 further illustrates that asymmetric inlet conditions generate large-scale
circulation in another dimension, directly caused by the impeller’s uneven air intake. From
the perspective of plane 1, where the impeller rotates counterclockwise, inlet condition
1 shows that flow entering from the left side opposes the impeller’s rotation, resulting
in higher impact forces on the fluid and more complex flow characteristics. In contrast,
inlet condition 2, where flow enters from the right side, aligns with the impeller’s rotation
direction, leading to a more stable internal flow state compared to condition 1.

Vorticity Magnitude

3000
I 2750
2500

B 2250
2000

Inlet Inlet Inlet
condition 1 condition 2 condition 3

Figure 12. Vorticity and streamline distribution (Plane 2).

3.3. Influence of Inlet Conditions on the Pressure Fluctuation of Impeller Outlet

The arrangement of all pressure fluctuation measurement points in this study is shown
in Figure 13. Eight monitoring points (C1~C8, D1~D8) are uniformly arranged around the
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outlet of the wide and narrow impellers. Pressure fluctuations data within a certain period
are dimensionless processed, defining the pressure coefficient C, and the root mean square
of pressure fluctuation coefficient C,-RMS:

P—r
c,= PP 6
P 0.50u3 ©)

@)

where p is the instantaneous pressure value. p is the mean value of pressure data in a
specific time period. u; is the circumferential velocity of the impeller outlet. 7 is the number
of selected pressure coefficient samples.

C7(D7)
C6(D6) « CA(DY)
hs - CKDI)
(:4(04') 2(D2)
C3(D3)

Figure 13. Location distribution of monitoring points.

The computational results indicate that the impact of different inlet conditions on the
time domain is generally similar. Time-domain analysis offers a detailed description of the
instantaneous characteristics of pressure signals, while frequency-domain analysis provides
a deeper understanding of the frequency components and their sources. By combining
both approaches, we gain a more comprehensive understanding of the fan’s flow field
characteristics and their relationship with noise and vibration. As shown in Figure 14, inlet
condition 3 provides more stable time-domain characteristics, with a higher mean pressure
coefficient (Cp), suggesting that the fluid gains more energy under this condition. Figure 15
illustrates that under inlet condition 1, the pressure signals at various monitoring points
exhibit a distinct peak—valley pattern over time. This pattern is due to the periodic impact
of the blades on the surrounding air as the impeller rotates, with each cycle producing
60 distinct peaks corresponding to the number of blades. Notably, under inlet condition 1,
there are significant fluctuations in the C, near the C1 measurement point for the wide
impeller and near the D5 measurement point for the narrow impeller. The time-domain
characteristics for the wide impeller are comparatively more stable, with a maximum C,
pulsation amplitude of 0.25, while the narrow impeller experiences a higher amplitude of
0.4. Subsequent analysis will focus on the flow characteristics near the C1 measurement
point for the wide impeller and the D5 measurement point for the narrow impeller under
inlet condition 1.
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Figure 14. Time-domain characteristics of C1 measuring point under different inlet conditions.
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Figure 15. Time-domain characteristics of impeller outlet measuring points (inlet condition 1).

The rotor-stator interaction at the impeller outlet serves as the main source of internal
unsteady pulsations in the fan. To capture the pulsation characteristics in this region
and assess the impact of different inlet conditions on the rotor—stator interaction, eight
monitoring points (C1~C8 and D1~D8) are evenly distributed at the outlet of each impeller.
The time-domain signals from these points are processed using Fast Fourier Transform
(FFT) with a Hanning window to analyze the frequency-domain signals under various
inlet conditions.

Figure 16 illustrates the pressure pulsation frequency spectrum at the outlet under
inlet condition 1. The central peak values of pressure pulsations at different monitoring
points are all observed at the blade-passing frequency (fgpr), though the amplitude varies
significantly. Under inlet condition 1, a broad-frequency signal is evident in the low-
frequency range and near the blade-passing frequency. The rotor-stator interaction is
characterized by peak pressure pulsation energy at the blade-passing frequency and its
harmonics. The spectrum reveals that the blade-passing frequency dominates the pressure
pulsation spectrum at the impeller outlet, contributing the most energy and exhibiting a
higher amplitude compared to its harmonics. The development of complex flow structures
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appears to suppress the rotor-stator interaction, as indicated by the broad-frequency
characteristics and reduced amplitude of the blade-passing frequency in the frequency-
domain plot.
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Figure 16. Frequency-domain characteristics of measuring points at the outlet of the wide impeller
and narrow impeller under inlet condition 1.

Figure 17a,b illustrate the distribution of blade-passing frequency amplitude for pres-
sure pulsations at various circumferential monitoring points at the impeller outlet. The
superimposed amplitudes of the wide and narrow impellers at corresponding section moni-
toring points are shown in Figure 17c. Under inlet condition 1, the minimum superimposed
BPF amplitude is 0.0018, while under inlet condition 2, it is 0.0038. For inlet condition 3,
the minimum superimposed BPF amplitude reaches 0.009.
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Figure 17. Circumferential distribution of C, amplitude at blade-passing frequency (fgpr). (a) From
the wide impeller monitors. (b) From the narrow impeller monitors. (c) Superimposed values of
measuring points on the same section.
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Under inlet condition 1, the internal flow within the impeller is notably complex,
leading to the highest amplitude of low-frequency broadband pulsations. This complex flow
significantly reduces the BPF amplitude. Specifically, under this condition, the minimum
BPF amplitude for the wide impeller is observed at monitoring point C2 (the fourth section),
while for the narrow impeller, it is at monitoring point D5 (the seventh section). Under
inlet condition 2, the minimum BPF amplitude for the wide impeller is at monitoring
point C1 (the third section), and for the narrow impeller, it is at monitoring point D1 (the
third section). For inlet condition 3, the minimum BPF amplitude for the wide impeller is
recorded at monitoring point C7 (the first section), whereas for the narrow impeller, it is at
monitoring point D8 (the second section).

3.4. Correlation Between Flow Structures and Pressure Pulsation

To investigate the relationship between pressure pulsation signals and unsteady flow
structures within the fan, vortex structures in the impeller are identified using the Q-
criterion. Developed by Hunt et al., the Q-criterion highlights areas of the flow field where
the second invariant of the velocity gradient tensor reveals vortex structures. This criterion
is expressed as follows:

1
Q=5 (IBIE - 141%) ®)

where A and B represent the symmetric and anti-symmetric matrices, respectively. | | | |r
denotes the Frobenius norm of the matrix.

Figure 18 shows that complex transient structures with high vortices appear near
monitoring point C1 for the wide impeller section and near monitoring point D5 for the
narrow impeller section. These two points correspond to the locations with the minimum
amplitude of pressure pulsations at the blade-passing frequency (BPF). The reason for this is
the inhibitory effect of the evolution of complex vortices on aerodynamic interference. The
time interval At in the subsequent analysis is set to 0.0083 s (60°) to analyze the evolution
process of internal impeller vortex structures within one rotation cycle.
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Figure 18. Vortex distribution of different axial sections.

Figure 19 illustrates that the high-vortex region near monitoring point C1 on the wide
impeller originates from the blade’s leading edge. The forward blade design positions
negative vortices near the pressure side, while positive vortices emerge from the leading
edge and merge with negative vortices near the pressure side of the adjacent blade. This
interaction results in the shedding of large-scale vortices on the pressure side, while smaller-
scale separation vortices predominantly shed on the suction side. At time ty, the large-scale
vortices peak in intensity, nearly filling the entire impeller passage. By time t0 + At, these
vortices impact the pressure side, breaking up and dissipating within the passage. At time
t0 + 5At, regeneration of the large-scale vortices begins. Throughout this cycle, the intensity
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of the smaller separation vortices remains largely unaffected, which primarily influences
the amplitude of the blade-passing frequency (BPF) due to the large-scale vortices. In
contrast, near monitoring point D5 on the narrow impeller, the transient vortex structure
lacks smaller separation vortices. Only a pair of large-scale vortices is observed, with
weaker vortex energy and a reduced impact on the BPF signal.
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Figure 19. Flow structure transient evolution in the flow passage of inlet condition 1.

In Figure 20, under inlet condition 2, the overall vortex strength is significantly reduced
compared to inlet condition 1. The vortex structure within the wide blade passage shifts
from a striped pattern to a predominantly clustered formation. Throughout a single rotation
cycle, the vortex originates from the leading edge at time ty and gradually fragments as
it progresses towards the trailing edge, eventually forming an isolated positive vortex
cluster that persists within the passage. By time t0 + 4At, the strength of this vortex cluster
reaches its minimum before regenerating from the leading edge in the next time step.
In contrast, the transient vortex structure within the narrow blade passage maintains its
striped pattern, as the high-energy vortex clusters generated at the leading edge do not
undergo fragmentation.
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Figure 20. Flow structure transient evolution in the flow passage of inlet condition 2.

Figure 21 demonstrates that under inlet condition 3, vortex shedding within both the
wide and narrow blade passages exhibits a striped pattern. The vortex structures maintain
consistent strength and distribution throughout the passages, both spatially and temporally.
This inlet condition achieves an optimal internal flow state for the impeller, characterized
by a pronounced dynamic-static interference effect. Furthermore, there are no significant
broad-frequency signals detected near the blade-passing frequency.

Under non-uniform inlet conditions, the flow at the impeller inlet is complex, fea-
turing significant variations in both velocity and direction. These fluctuations result in
unbalanced aerodynamic forces acting on the blades during rotation, leading to pressure
fluctuations at the impeller outlet. For instance, when the left inlet serves as the primary air
source, the left blades experience greater impact forces during rotation, which causes more
pronounced pressure fluctuations on the left side of the impeller outlet. This observation
aligns with the higher amplitude of low-frequency and broadband fluctuations noted near
the monitoring points on the left side, as illustrated in Figures 19-21. The asymmetric
vortex structures also influence the pressure distribution. As demonstrated in Figure 21, the
vortex structures within both the wide and narrow impellers display a striped distribution.
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The consistent strength and arrangement of these vortices contribute to relatively stable
pressure fluctuations at the impeller outlet, characterized by a smaller amplitude of the
pressure coefficient.
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Figure 21. Flow structure transient evolution in the flow passage of inlet condition 3.

4. Sound Quality

The acoustic field test was carried out in a simulated kitchen laboratory, with the
experimental platform arranged as shown in Figure 22. The kitchen floor, walls, and ceiling
were constructed from smooth, reflective materials such as concrete, metal, or ceramic
tiles. To reduce interference with the sound source during testing, only one operator was
allowed in the lab, and they were required to avoid wearing clothing with significant
sound-absorbing properties that could impact the results. To evaluate human perception of
noise, dummy heads (depicted in Figure 23) were placed at measurement points to capture
data on how personnel in front of the stove perceive fan noise through the left and right
ears of the artificial head.
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Figure 22. Layout diagram of the test bench.

Figure 23. Artificial head schematic diagram.

The process of collecting sound signals and developing models involves several key
steps: gathering sound samples from range hoods, objectively evaluating the samples’
parameters, subjectively assessing the samples, performing statistical analysis, and creating
models. Initially, the loudness (L), sharpness (S), roughness (R), and articulation index
(Al) of the range hood sound samples are measured. The method for calculating these
four parameters refers primarily to the standard TCAS 341-2019 [44], which outlines the
test methods for noise and sound quality of range hoods. A selected group of participants
then listens to these samples under controlled conditions to ensure accurate representation,
providing subjective comfort ratings for the sound quality. A regression model is then
established to correlate the objective parameters with the subjective comfort ratings, leading
to a final calculation formula for sound quality comfort Q.

Q=10.7067 — 0.026 x L — 0.5 x S — 2.4298 x R + 3.1657 x Al )

Loudness quantifies how the human ear perceives the overall volume of sound,
measured in sones. For reference, the loudness of a pure 1 kHz tone at a sound pressure
level of 40 dB is defined as 1 sone. The second row of Figure 19 displays the variations in
loudness over time, recorded from the left and right ears of an artificial head. The data
reveal from Figure 24 that under inlet condition 1, the left ear perceives a loudness of
26.6 sones, while the right ear perceives 28 sones. Under inlet condition 2, the average
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loudness decreases to 24.2 sones in the left ear and 25.2 sones in the right ear. Inlet
condition 3 further reduces loudness to 21.8 sones in the left ear and 22.7 sones in the right.
The highest loudness, observed under inlet condition 1, indicates that the fan’s internal
noise is most intense under this condition.

S Left channel ~ ERight channel  BAverage M Left channel ~ @Right channel  BAverage
s 23 3.1
S on 3.01
¥ 2
inlet condition 3 inlet condition 2 inlet condition 1 inlet condition 3 inlet condition 2 inlet condition 1
(a) Loudness (b) Sharpness
SLeft channel  BRightchannel ~ BAverage S Left channel ARight channel  BAverage

2 2- 234
afim

inlet condition 3 inlet condition 2 inlet condition 1 inlet condition 3 inlet condition 2 inlet condition 1

(c) Roughness (d) Comfort level of sound quality

Figure 24. Comparison of sound quality parameters under three different intake conditions.

Sharpness is a psychoacoustic measure that evaluates the presence of high-frequency
components in sound, expressed in acum. The third row of figures shows that sharpness
is highest under inlet condition 1, with values of 2.91 acum in the left ear and 3.1 acum
in the right ear. This suggests a higher concentration of high-frequency signals in the
sound, corresponding to the broadband pulsation signal near the mid-frequency of the
pressure pulsation, and is associated with the periodic evolution of large-scale vortices in
the impeller flow passage.

Sharpness of sound is a psychological measure used to assess the amount of high-
frequency signal components in sound, and it is measured in acum. The data can be seen in
the third row of the figures. Under inlet condition 1, the sharpness in the left and right ears
is the highest, at 2.91 acum and 3.1 acum, respectively. Thus, it can be seen that under this
inlet condition, the high-frequency signal in the sound is relatively high, corresponding to
the wideband pulsation signal near the mid-frequency of the pressure pulsation, manifested
as the periodic evolution of a pair of large-scale vortices in the impeller flow passage.

Based on inlet condition 1, a new inlet scheme with a non-uniform air volume distri-
bution has been proposed to enhance aerodynamic performance and noise quality while
preventing uneven oil fume escape. This scheme involves adjusting the angle of the guide
plate at the intake structure, where the left side is fully opened and the right side is partially
opened, resulting in an airflow ratio of 7:3. Alternatively, when the right side is fully
opened and the left side is partially opened, the airflow ratio becomes 3:7. This approach
aims to ensure that airflow is distributed evenly across the entire intake surface. Details
of this optimization can be found in Figure 25. Figure 26 illustrates that, following the
implementation of this optimization scheme, the aerodynamic performance parameters,
including the maximum total pressure efficiency under the three intake conditions, remain
consistent, with the maximum deviation in total pressure efficiency not exceeding 1.96%.
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Figure 25. The non-uniform inlet condition scheme and maximum total pressure efficiency.
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Figure 26. Comparison of sound quality parameters of optimization.

Figure 26 demonstrates that the optimization scheme effectively reduces the differ-
ences in loudness, sharpness, and roughness between the left and right ears. Specifically,
the left-side optimization reduces the average loudness by four sones. Both optimization
schemes achieve a deviation from the average loudness under fully open conditions of no
more than 0.3 sones, sharpness by no more than 0.3 acum, and roughness by no more than
0.15 asper. These results suggest that the distribution characteristics of the internal vortex
are consistent across the optimized conditions.

5. Conclusions

This study utilizes numerical simulations to explore how various inlet conditions
influence the internal flow field and pressure pulsation of a dual-inlet centrifugal fan. The
key findings are as follows:

(1) Time-domain analysis indicates that inlet condition 1 is the most unstable. This
instability is characterized by significant fluctuations in the pressure coefficient and the
presence of broadband signals in the frequency domain. These broadband features are
particularly pronounced at measurement point C1, located on the wide impeller, and
measurement point D5, located on the narrow impeller.

(2) Analysis of transient vortex structures reveals that the observed broadband char-
acteristics and the absence of the blade-passing frequency at these measurement points
are associated with the periodic evolution of large-scale vortices within the flow passage.

164



Machines 2025, 13, 463

Under inlet condition 1, the intensity of the vortex peaks is due to the alignment between
the inlet direction and the impeller’s rotation direction, which has a substantial impact on
flow within the passage.

(3) Sound quality analysis shows that under inlet condition 1, the sound sharpness is
greater than under the other conditions. This observation suggests a higher presence of
high-frequency signals in the pressure pulsation near the blade-passing frequency, further
linking the flow structures to the characteristics in the frequency domain.

(4) A non-uniform air volume distribution scheme is proposed. This scheme enhances
aerodynamic performance and reduces noise discrepancies between the left and right sides,
leading to an overall reduction in average loudness by four sones.
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Abstract

Currently, the dismantling of aluminum stranded conductors remains predominantly man-
ual due to their structural complexity. To enhance the efficiency and reduce the labor
intensity for dismantling aluminum stranded conductors, this study presents an innovative
torque-driven dismantling method validated through dynamic simulation analysis. To
demonstrate the proposed method, a modular prototype machine that includes four main
functional modules (transmission, untwisting, separation, and shearing) was developed.
Experimental results from the prototype dismantling machine demonstrated that when
processing JL/G3A-500/65 conductors (Sichuan Star Cable Co., Ltd., Leshan, China) un-
der the following operational parameters—0.5 rad/s rotational speed, 10 cm extension
length, 2400 N clamping force, and 40 N-m torque application—the system achieved a
single-layer dismantling efficiency exceeding 98%. This represents a significant improve-
ment in operational speed compared to traditional manual methods. The developed
machine achieved collaborative control of axial feed, reverse untwisting, and automatic
shearing, elevating the untwisting qualification rate to 95%. This solution provides an
efficient and safe approach to conductor inspection, demonstrating substantial engineering
application value.

Keywords: aluminum conductor steel-reinforced (ACSR); torque method; simulation
analysis; modular design

1. Introduction

In recent years, with the advancement of China’s “Dual Carbon” goals and accelerated
energy structure transition, ultra-high voltage (UHV) power grids have emerged as critical
network infrastructures supporting national strategic initiatives such as “West-East Power
Transmission” and “new energy grid integration”. By 2025, the State Grid Corporation
of China will have completed and operationalized 35 UHV projects, achieving an annual
electricity transmission capacity exceeding 3 trillion kilowatt-hours, which significantly
enhances inter-regional power allocation capabilities. Overhead transmission lines, lever-
aging their economic efficiency and adaptability advantages, undertake more than 90%
of national power transmission tasks, serving as the “arterial network” of the power sys-
tem. The aluminum conductor steel-reinforced (ACSR) cables predominantly employed
in high-voltage and UHV overhead transmission systems feature a composite structure
of steel cores and aluminum strands. This innovative configuration achieves synergistic
optimization of mechanical strength and electrical conductivity, establishing its dominance
in high-voltage and UHV transmission applications [1-3].

Machines 2025, 13, 608 https://doi.org/10.3390 /machines13070608
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The widespread adoption of ACSR cables stems from their dual-functional advantages:
the internal steel core effectively withstands extreme meteorological conditions in heavy-
ice zones and long-span configurations while bearing mechanical stresses in both large-
span and conventional installations. Concurrently, the outer aluminum strands reduce
overall resistivity and enhance current-carrying capacity, fulfilling long-distance power
transmission requirements. A representative application is evidenced in the Xinjiang-
to-Chongqing +800 kV UHV DC transmission project, where large-section ACSR cables
with enhanced reliability effectively mitigate conductor fracture risks induced by complex
southwestern terrain and high-altitude conditions. This project achieves an annual average
transmission capacity exceeding 12,000 megawatts [4,5].

Given the extensive application of ACSR cables in China’s power transmission sys-
tems, ensuring their quality through essential testing has become critical to maintaining
national electricity delivery reliability. The advanced infrastructure of China’s power grid
necessitates substantial annual investments in human and material resources for ACSR
inspection. Conventional manual sampling procedures involving physical separation and
dimensional measurements significantly constrain testing efficiency while introducing
safety risks. Furthermore, inspection personnel simultaneously handle critical engineering
evaluations, coiled cable assessments, concrete pole inspections, and hardware/tower
examinations, creating operational bottlenecks that limit workforce utilization and testing
capacity enhancement [6,7].

The widespread deployment of ACSR cables has driven technological advancements
in conductor separation. In 2017, Hubei Jinyang Resources Co., Ltd., developed a dis-
assembly system [8] with three functional modules: a power transmission unit (electric
motor), a conductor management unit (wire-aligning drum, cable spools), and an unwind-
ing mechanism (drive wheels, rotating arms). This system employs reverse unwinding
principles: steel cores are axially drawn through aligning drums onto third spools, while
aluminum strands are subdivided and wound onto primary/secondary spools via rotating
arms that execute counter-rotational motions perpendicular to the drum axis. Although
this method improves unwinding efficiency, it results in high residual interface contam-
ination (12-15% mass fraction), necessitating additional post-processing. A structural
breakthrough emerged in 2020 with Xinghua Senrong Metal Products Co., Ltd.’s modular
separation device [9], which integrates three-stage operational units: clamping mecha-
nisms (self-locking fixtures, worm-gear transmission), rotational systems (ball screw-driven
sliding modules), and separation assemblies (sector-rack-actuated stripping claws). This
patented technology achieves a 2.1x improvement in end-stripping effectiveness through
axial preloading and circumferential unwinding. However, practical implementation faces
challenges, including excessive power system redundancy (six-stage transmission chain)
and the lack of automatic wire collection, leading to high energy consumption (1.2 kWh/t)
that hinders industrial scalability.

The dismantling of aluminum conductor steel-reinforced (ACSR) cables has been
extensively investigated through multiple approaches, each presenting distinct advan-
tages and limitations. Mechanical untwisting techniques, as demonstrated in conductor
recycling research, have shown effectiveness at 20-40% of the theoretical critical torque
(typically 80-100 N-m), preserving 95% of original aluminum strand properties for reuse
in power distribution lines. While this method maintains material integrity, previous
studies have overlooked plastic strain localization effects, a critical gap addressed in our
current finite element analysis. Alternative thermal-assisted separation methods, though
effective for polymer—-matrix composites at 550 °C [10], prove detrimental for ACSR by
reducing aluminum’s post-recovery tensile strength by 15-20% through annealing effects,
while consuming significantly more energy (0.2-0.3 kWh/m versus 0.015-0.025 kWh/m
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for mechanical methods). Corrosion-assisted approaches, while reducing dismantling
forces by 25-35% through interfacial weakening, introduce material recovery challenges
due to non-uniform corrosion patterns. Industrial cutting solutions, despite their rapid
processing, result in 5-8% material loss and geometric distortion, contrasting sharply with
the torque-based method’s complete geometric retention.

To address these limitations, this study proposes a nondestructive dismantling equip-
ment solution based on modular architecture and numerical simulation technologies. A
hierarchical framework was constructed through an object-oriented design methodology,
functionally decomposed into motion control, mechanical loading, and separation mod-
ules [11-14]. Finite element simulations were implemented for the topological optimization
and dynamic validation of critical components. Following prototype development and ex-
perimental platform establishment, module-specific functional validations were conducted
through parameterized testing. Ultimately, system integration principles synchronize wire
feeding, unwinding, and shearing operations to create an integrated disassembly system
that increases processing throughput by 38-45% over conventional methods. By compari-
son, disassembling each aluminum strand using traditional methods costs approximately
USD 4, while the proposed automated disassembly method costs only about USD 0.5 per
strand, which significantly reduces the cost.

2. Methods and Working Principle

ACSR is fabricated by helically stranding an inner steel core and outer aluminum
strands [15], which is shown in Figure 1a. The intelligent conductor dismantling equipment
developed in this study separates aluminum strands from the steel core based on reverse-
stranding mechanical principles, specifically utilizing the interlayer residual stranding
stress formed during aluminum strand manufacturing. This process applies torque loads
in the direction opposite to the original stranding orientation, enabling the gradual elastic
untwisting of aluminum strands within their deformation limits to achieve layer-by-layer
decoupling. The dismantling working principle consists of three sequential aspects:

(1) Torque transmission: A torque transmission mechanism is established according to
structural parameters of the stranded conductor (aluminum layer lay ratio, stranding
direction, and layer count) to determine the critical torque required for progressive
aluminum strand unwinding.

(2) Controlled reverse torque application: A servo-driven system applies precisely regulated
counter-directional torque to the stranded conductor, generating physical reverse shear
strain within aluminum layers to counteract the original residual stranding stress.

(3) Multi-stage torque unloading: A graded torque reduction method is implemented
through multi-level unloading sequences to progressively disengage aluminum
strands layer by layer.

Figure 1b illustrates the torque-based disassembly methodology for aluminum conduc-
tor steel-reinforced (ACSR) wire proposed in this study. When the aluminum stranded wire
is conveyed to the designated position, the clamping unit is first activated to secure one end
of the wire. Subsequently, a counter-rotational torque, opposite to the stranding direction
of the aluminum layers, is applied to the opposite end through the untwisting device to
dismantle the outer aluminum strands. The ideal untwisted configuration of the aluminum
strands under this methodology is depicted in Figure 1c. The torque-driven untwisting
process requires overcoming both the plastic bonding forces between adjacent strands and
the frictional resistance. Theoretically, the critical torque T required to disassemble the
outermost aluminum layer via this torque-based approach can be calculated as follows:

Tc = N-(ty-Am + p-on-Ac) -r-sina 1)
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In the equation, N denotes the number of aluminum strands in the layer, 7, represents
the shear strength of the aluminum material (66.5 MPa), A;, is the cross-sectional area of a
single aluminum strand, y is the coefficient of friction (0.15 for aluminum-to-aluminum
contact), A, is the contact area between adjacent strands, 0y, signifies the residual compres-
sive stress induced during stranding (typically 15-30 MPa), r is the layer radius of the
outer aluminum strands, and A, corresponds to the stranding angle. The contact area A, is

calculated as follows:
Ac = m-d-l (2)

In the equation, d denotes the diameter of a single aluminum strand, and ! represents
the length of the clamping portion of the untwisting device. The stranding angle « is
determined by the following formula:

x=tan"! (27rpr> 3)
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Figure 1. (a) The structural schematics of the aluminum conductor steel-reinforced (ACSR) conductor;
(b) the torque-based disassembly methodology for the ACSR conductor; (c) the untwisted aluminum
strands after the disassembly process; (d) the finite element simulation result of strain distribution;
(e) the workflow of the rapid dismantling for ACSR conductors.

In the equation, P denotes the lay length of the aluminum conductor steel-reinforced
(ACSR) conductor. In the practical torque-driven untwisting of the outer aluminum strands,
only elastic deformation and the overcoming of interlayer frictional forces are required
to achieve strand untwisting. To validate the feasibility of the torque-based disassembly
methodology for ACSR conductors, this study employed finite element analysis (FEA) soft-
ware (ANSYS2020R2) for numerical simulation. The FEA model development procedure is
structured as follows.

The finite element analysis incorporated a comprehensive modeling approach where
material properties were rigorously defined, including the steel-aluminum friction co-
efficient (1 = 0.15) and aluminum-aluminum friction coefficient (i = 0.12) based on the
Coulomb friction model, with additional consideration given to the elastoplastic behavior
of aluminum strands (yield strength: 120 MPa, hardening modulus: 1.2 GPa) and linear
elasticity for the steel core (modulus: 210 GPa, Poisson’s ratio: 0.3). The meshing strategy
employed structured hexahedral elements for the aluminum strands (global size: 2 mm,
locally refined to 0.5 mm at contact zones) and quadratic tetrahedral elements (C3D10)
for the steel core, ensuring aspect ratios below 5 and skewness limited to 0.7 to maintain
numerical stability. Boundary conditions were carefully implemented by fully constraining
all degrees of freedom at one end (ENCASTRE condition) to simulate the clamping device,
while a progressive torque load was applied at the opposite end through a reference point
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(RP) using a smooth step amplitude curve to replicate quasi-static untwisting. Contact inter-
actions were modeled using surface-to-surface formulation with penalty friction (stiffness
ratio 1:10) and hard normal contact, supplemented with automatic stabilization (damping
coefficient: 1 x 10~°) to enhance convergence. The explicit dynamic solver was selected to
handle large rotations, with mass scaling applied to maintain a stable time increment below
1 x 10~° s while keeping energy errors (ALLIE/ ALLKE) under 5%. Post-processing focused
on analyzing equivalent von Mises stress distribution and interfacial slip displacements,
with particular attention to plastic strain localization in aluminum strands [16-19].

According to Equation (1), the critical torque T¢ for untwisting the ACSR conduc-
tor is calculated to be approximately 80 N-m. In the practical simulation, however, a
torque of approximately 20 N-m successfully dismantled the outer aluminum strands.
This discrepancy arises because the actual untwisting process requires overcoming only
frictional resistance and elastic deformation, corresponding to 20-40% of the calculated
theoretical value. The clamping force calculation for the clamping unit is derived from
the static frictional torque equilibrium principle. When the untwisting device applies to
a counter-rotational torque T, the clamping unit must generate sufficient static frictional
torque to counteract T, thereby preventing relative slippage of the aluminum strands at the
clamping interface [20]. Consequently, the clamping force F provided by the clamping unit
must satisfy the following equation:

KT

FC>2TN 4)

In the above equation, K represents the safety factor, u denotes the friction coeffi-
cient, r is the radius of the aluminum stranded wire, and T corresponds to the applied
torque during the untwisting process.

Based on the aforementioned research findings, an intelligent modularized device
for disassembling ACSR conductors via a torque methodology was developed. This
system achieves a nondestructive separation of outer aluminum strands through functional
decoupling and coordinated control, comprising three core functional modules (Figure 1d):
ACSR conductor-transmission and clamping module, untwisting module, and separation—
shearing module. The dismantling process initiates with the axial feeding of the ACSR
conductor while a radial clamping force is applied to suppress interlayer slippage during
untwisting. Subsequently, counter-rotational torque disrupts the helical configuration of
adjacent aluminum layers, enabling progressive layer-by-layer disassembly. Finally, a
separation and shearing module segregates and collects the untwisted strands.

3. Results and Discussion
3.1. Mechanism Design for Transmission and Clamping

The intelligent rapid disassembly and inspection apparatus for overhead conductors
developed in this study comprises three core functional modules: a transmission module,
an untwisting module, and a shearing module. The transmission module is designed to
transport conductors while accommodating diameter variations through adjustable mecha-
nisms. When the conductor to be disassembled is transferred to the untwisting module
by the transmission system, the untwisting module clamps one end of the conductor and
rotates the opposite end in a direction counter to the original stranding orientation, thereby
decoupling the outer aluminum strands. Subsequently, the transmission module advances
the conductor axially while the untwisting module maintains continuous rotational actua-
tion. Upon completion of a layer’s untwisting process, the separation module physically
isolates the disentangled aluminum strands. This procedure is iteratively repeated to
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sequentially untwist subsequent aluminum layers, achieving progressive layer-by-layer
disassembly of the stranded conductor.

Steel-core aluminum stranded conductors (ACSR) represent the most extensively
utilized core wire type in power transmission systems. The extensive variety of models is
designed to fulfill precise electrical, mechanical, and environmental requirements across
different application scenarios. From the perspective of a composite material structure, spec-
ification variations primarily manifest in four aspects: cross-sectional area ratio between
aluminum strands and steel core, stranding configuration, wire diameter combinations,
and surface treatment techniques.

As specified in international standards IEC 61089 [21], ASTM B232 [22], and China’s
national standard GB/T 1179, ACSR models are conventionally denoted in an “aluminum
cross-section/steel cross-section” format (e.g., ACSR-240/40). The cross-sectional area
of aluminum strands typically ranges from 35 to 1000 mm?, with steel core proportions
varying between 5% and 40% of the total cross-section depending on specific mechanical
strength requirements. Fundamental parameters of selected ACSR configurations are
summarized in Table 1.

Table 1. Fundamental parameters of representative steel-core aluminum stranded conductors (ACSR).

Nominal Number of Number of Steel Overall Outer
Model Cross-Sectional Aluminum Strands Core Strands x Di ter ( )
Area (Al/Cu, mm?) x Diameter (mm) Diameter (mm) lameter tmm
LGJ-35/6 35/6 6 x 3.00 1 x 3.00 6.0
LGJ-50/8 50/8 6 x 3.55 1 x 3.55 8.0
LGJ-70/10 70/10 6 x 3.99 1 x3.99 10.0
LGJ-95/15 95/15 26 x 2.38 7 x 1.57 15.0
LGJ-120/20 120/20 26 x 2.59 7 x 191 20.0
LGJ-240/40 240/40 26 x 3.42 7 X 2.66 21.66
LGJ-300/50 300/50 30 x 3.71 7 x 3.71 23.94
ACSR-95/15 95/15 12 x 3.05 7 x 1.57 15.07
ACSR-120/20 120/20 12 x 2.61 7 x 1.93 17.5
ACSR-240/30 240/30 30 x 3.18 7 x 2.36 30.0
ACSS-150/25 150/25 30 x 2.79 7 x 2.79 19.53
ACAR-185/30 185/30 30 x 3.05 7 % 2.36 22.4

As evident from the preceding Table 1, steel-core aluminum stranded conductors
(ACSR) exhibit significant diversity in specifications, with a substantial variation in outer
diameters across different models. To achieve adaptive conveyance of multi-specification
and multi-category ACSR wires, this study proposes a modular conveyance system (see
Figure 2) comprising a wire straightening and positioning unit and a dynamic clamping
and transmission unit that operates under a collaborative operational mechanism.

The workflow of this transmission module is as follows: when a preprocessed ACSR
wire is positioned at the workstation, dual pneumatic machining vises are simultaneously
actuated to clamp the wire. The ACSR wire is then conveyed rightward under the actuation
of linear motion modules. Upon reaching the linear motion module’s stroke limit, the
rear pneumatic vise is disengaged, allowing the module to execute a leftward traverse
to predetermined coordinates. Subsequently, the rear vise is re-clamped, followed by the
release of the front vise. The module then performs another leftward traverse to align the
front vise with the target position, after which the front vise is clamped. Finally, the ACSR
wire is advanced rightward under coordinated control of both linear motion modules. This
sequence is iterated until the wire reaches the strand separation station for subsequent
processing operations (the workflow is detailed in Figure 2).
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Figure 2. Schematic diagram of the transmission system.

Wire Straightening and Positioning Unit: This unit employs a multi-degree-of-freedom
adjustable cable management frame structure, primarily consisting of cross-arranged
vertical and horizontal displacement adjustment columns, along with radially equidistant
adjustment columns (see Figure 3). It enables a continuous radial adjustment within a
diameter range of ¢5-¢@50 mm. By applying a controllable straightening force to initially
curved conductors, plastic deformation is induced. Simultaneously, the clamping plane
elevation is adjusted to ensure the mass centroid of conductors with varying diameters
remains collinear, thereby establishing a reference horizontal plane (error < 0.2 mm),
which serves as the geometric datum for subsequent strand separation processes.

(@ cable Management Rack Rear Clamping (b)
Assembly
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Front Clamping / \

Assembly Linear Motion 0
Module
l /

Figure 3. Three-dimensional model of the transmission module. (a) Front view of the 3D model,
(b) top view of the 3D model, and (c) arcuate fixture design illustrating enhanced contact geometry.

Dynamic Clamping and Transmission Unit: This compound transmission system inte-
grates front/rear dual pneumatic clamping assemblies with high-precision linear motion
modules. The front pneumatic gripper (adjustable clamping force: 0.5-100 kN) utilizes a
mechanical locking mechanism to secure the aluminum strands, while the linear motion
module (repositioning accuracy: £0.01 mm) drives the terminal clamping assembly to exe-
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cute axial incremental conveyance motion along predefined trajectories (conveyance speed:
0.1-3 m/min), propelling the aluminum strands along the feeding direction (Figure 3).

The rear clamping assembly additionally functions as a fixed constraint during the
strand separation phase. Through static friction locking (friction coefficient i > 0.2), it
provides reactive torque support for counter-rotational force application. A finite element-
optimized arcuate clamping mechanism (contact stress distribution uniformity > 90%)
suppresses conductor oscillations induced by separation torque, ensuring a torque trans-
mission efficiency > 95% within the strand separation module.

3.2. Mechanism Design for Untwisting

The ACSR conductor untwisting module employs a centrosymmetric dynamic torque-
loading architecture, comprising a pneumatic central clamping mechanism, a hollow-shaft
rotary drive system, and a closed-loop motion control unit, with its overall configuration
illustrated in Figure 4a,b.

Front-mounted Hollow-bore
Pneumatic Three-jaw Chuck

(b)
(2) Hollow Rotary Table Flange r

Support Bracket

Servo Motor

| 4 b |
(c)
D YN
_ | ’ W Modular Jaw
\\\ bL / Assembly
' Al Arcuate Surface &5

Design

Figure 4. Three-dimensional model of the strand separation module. (a) Front view of the 3D model,
(b) top view of the 3D model, and (c) modular jaw assembly design.

The pneumatic central clamping mechanism employs a front-mounted hollow-bore
three-jaw chuck with a clamping force range of 0.8-5.2 kN, featuring segmented tungsten
carbide inserts and arcuate-surfaced jaws to maximize contact area and stability during
strand separation operations. Designed for adaptive clamping of conductors spanning
P10-P60 mm diameters, the system utilizes modular jaw assemblies with replaceable
tips actuated by an integrated annular pneumatic actuator, ensuring precision grip ad-
justment (Figure 4c). Coupled with this mechanism is a hollow-shaft rotary drive system
combining a high-precision servo motor and harmonic drive reducer, which transmits axial
torque through a flanged hollow rotary table ($150 mm through-hole) while maintaining
radial concentricity.

The untwisting process initiates with dual-end stabilization: a terminal pneumatic
gripper secures the ACSR conductor via six-point contact fixation while the front chuck
radially contracts to form a statically determinate constraint system. The servo motor
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then applies programmable counter-rotational torque corresponding to the conductor’s
stranding direction (left/right-handed modes selectable via software). Following single-
cycle separation, coordinated motor braking and chuck pressure release enable incremental
advancement of the conductor by the feed module, with the sequence iterating cyclically
until complete layer separation is achieved through progressive axial displacement.

3.3. Mechanism Design for the Separation

Following strand separation, the conductor is continuously advanced by the con-
veyance module. The post-separation configuration of the conductor is depicted in
Figure 5a. To isolate the separated outer aluminum strands from the unprocessed in-
ner strands, a dedicated separation channel is engineered. Upon reaching predefined
coordinates, the separated aluminum strands are severed via controlled cutting tools.

Cutting Tool
Separation I
(a) Channel - (b)
4 0 Upper Cutting Tool
o
Pneumatic Cyl ~—— J i / Separation  Support Structure
(c) ‘ %’L Channel
il Wi M)
- Bl '
-
o (d)
Wedge-shaped Guide Lower Cutting Tool
Mechanism

Figure 5. Three-dimensional model of the separation and shearing module. (a) Schematic diagram
showing the radial cutting mechanism. (b) Left view of the 3D model of the separation and shear-
ing module. (c) Front view of the 3D model of the separation and shearing module. (d) Local
magnification of the wedge-shaped guiding structure.

To achieve efficient separation and selective processing of post-separation ACSR
components, a synergistic control strategy integrating mechanical sorting and intelligent
shearing is implemented, with the workflow detailed below: The separated conductor is
incrementally advanced along the axial direction by the conveyance module to the sorting
station. At this stage, the conductor exhibits a stratified mechanical configuration: the
outer aluminum strands adopt a helically expanded morphology, while the inner unpro-
cessed core retains its twisted structure. Leveraging material stiffness disparities (elastic
modulus of separated aluminum strands: 69 GPa; equivalent modulus of unprocessed
composite core: >120 GPa), the separation channel is designed as a gradually tapered
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wedge-shaped guide structure (entry angle: 25° =+ 1°, surface roughness Ra < 0.8 pm). This
geometry induces gradient contact stress distribution, enabling physical segregation be-
tween the outer separated aluminum strands and inner composite core, thereby enhancing
separation efficiency.

The outer separated aluminum strands enter a radially servo-actuated shear station
equipped with a single-degree-of-freedom pneumatic cutting tool (axial stroke: 0—400 mm,
adjustable shear force: 0.1-1.2 kN) capable of selective strand severing (minimum shear unit
length: 300 mm). When the conductor is positioned at the target coordinates, a three-jaw
pneumatic chuck executes circumferential clamping, while a tungsten carbide tooling insert
mounted on a pneumatically driven actuator performs radial cutting to sever the aluminum
strands. Post-shearing, the chuck implements stepped rotational indexing (programmable
angular increments: 5-360°). Through operator-supervised control, directional shearing
cycles are iterated until complete layer-wise strand separation is achieved. The unprocessed
inner core is subsequently retracted to the separation station via reverse conveyance, initi-
ating the next hierarchical separation—sorting—shearing cycle. This methodology enables a
progressive layer-by-layer strand separation of ACSR conductors.

To validate the module’s performance, finite element analysis (FEA) was conducted
to simulate deformation during shearing. As illustrated in Figure 6b, the maximum
deformation reaches approximately 1.5 mm (50% of the strand diameter), which crit-
ically compromises cutting reliability. Structural reinforcement is, thus, essential to
mitigate deformation.
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Figure 6. (a) Stiffness-enhanced structural design, (b) deformation simulation of the separation chan-
nel pre-reinforcement, and (c) deformation simulation of the separation channel post-reinforcement.

A rigidity enhancement strategy was implemented by integrating four additional struc-
tural profiles beneath the cantilever beam to resist global deformation (Figure 6a). Post-
optimization simulations demonstrate a reduced maximum deformation of 0.15 mm, achiev-
ing a tenfold improvement in structural stiffness and ensuring a consistent strand separation.

In addition to incorporating reinforcing profiles to enhance stiffness, the wall thickness
of the separation channel itself critically influences the overall structural rigidity and
deformation resistance. When subjected to transverse shear forces, the bending resistance
of the channel is governed by the cross-sectional moment of inertia (I) and the material’s
elastic modulus (E). For circular tubular geometries, the moment of inertia is calculated

as follows:
nt(D* — d*)
4

where D denotes the outer diameter of the channel, d represents the inner diameter, and t is

1= )

the wall thickness:
(D —d)

=
2

(6)
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When the outer diameter D remains constant, the moment of inertia I increases non-
linearly with wall thickness t (I « t3). It can, thus, be inferred that a smaller wall thickness
reduces the moment of inertia and bending resistance, leading to greater deformation under
equivalent loads. Conversely, a larger wall thickness enhances the moment of inertia and
bending resistance, resulting in reduced deformation under identical loading conditions.

Assuming the separation channel of the shearing system can be simplified as a can-
tilever beam model (fixed at one end and subjected to transverse tooling loads at the free
end), the maximum deflection 6 max is expressed as follows:

3
Omax = % (7)
where F denotes the shearing force, E is the elastic modulus, I represents the moment of
inertia, and L is the cantilever length.

The above formulation reveals that a reduced wall thickness decreases the moment
of inertia, thereby increasing the maximum deflection (J,,4x) and resulting in greater
deformation under identical loading. Conversely, an increased wall thickness enhances the
moment of inertia, reducing d,;,x and minimizing deformation under equivalent loads.

To verify this relationship, numerical simulations were performed for four wall thick-
ness variations (7.5 mm, 10 mm, 12.5 mm, and 15 mm) while maintaining a constant outer
diameter of 70 mm. The shearing system utilized the stiffness-enhanced structural configu-
ration with the shearing force of 1500 N. As shown in Figure 7a, the maximum deformation
for the wall thickness of 15 mm is about 0.599 mm. This value is less than that for the wall
thickness of 12.5 mm, which is 0.609 mm (Figure 7b). As the wall thickness decreases to
10 mm, the maximum deformation increases to 0.631 mm (Figure 7c). While the wall
thickness of 7.5 mm leads to a severe deformation of 0.674 mm, which can be seen in

Figure 7d.
b
(a) (b) _
Unit: mm Unit: mm
- o
E‘: 0419
pieeon 0w
03306 03385
| 026 = 028
) = 020 =
e 01354
A ol =i W
J = o
£a)
{©) (d)
o TER 0 oo
!—-.13! - HEmE 0000 _oun
oaon 05240
042067 4ma
ey e
— Fhe oze
021033 0224n
PR e
000112 0074502
L] = = = ° - o

Figure 7. Deformation simulations of the separation channel with varying wall thicknesses.
(a) Wall thickness: 15 mm; maximum deformation: 0.599 mm. (b) Wall thickness: 12.5 mm; maximum
deformation: 0.609 mm. (c) Wall thickness: 10 mm; maximum deformation: 0.631 mm. (d) Wall
thickness: 7.5 mm; maximum deformation: 0.674 mm.

The numerical simulations demonstrate a progressive reduction in separation channel
deformation with increasing wall thickness, which can be seen in Figure 8. Consider-
ing practical weight constraints and structural integrity requirements, the optimal wall
thickness of the separation channel was determined to be 15 mm.
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Figure 8. Comparative analysis of deformation across the parametric wall thickness range.

3.4. Dismantling Testing

As demonstrated above, the dismantling of the ACSR conductor is realized by three
modules: transmission—clamping, untwisting, and separation—shearing (Figure 9). The
designed dismantling process includes the following steps:

L e RN, LR NN E S LN NN EEEEEEEEEEESIEIEEEEEEEEEESEEEEEEEEEEEEEr

Transmission and clamping Untwisting Separation
and shearing

Figure 9. Three-dimensional model of the prototype.

(i) Preprocessing: The conductor to be disassembled is guided into the workstation via
the cable management rack of the conveyance module. Axial centering is achieved by
adjusting the rollers of the wire guiding frame.

(ii) Transmission and clamping: The conductor is clamped by pneumatic machining vises
and transported to the strand separation station at a constant velocity (V =1 m/s) via
linear motion modules.

(iii) Untwisting: Upon reaching the separation station, the pneumatic vise clamps one
end of the aluminum strand, while a three-jaw chuck secures the opposite end. A
hollow rotary table applies counter-rotational torque to unwind the aluminum strands
against their original lay direction.

(iv) Separation and shearing: the conductor is advanced through the separation channel,
segregating the separated outer strands from the unprocessed inner core. At the
designated workstation, the three-jaw pneumatic chuck executes circumferential
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clamping, and a tungsten carbide cutting tool mounted on a pneumatically driven
actuator performs radial shearing for cross-sectional separation. Following shearing,
the chuck implements stepped rotational indexing (programmable angular increments:
5-360°). Spatial pose estimation of the aluminum strands is computed via coordinate
transformation algorithms, enabling iterative directional shearing until complete
layer-wise separation is achieved.

Compared to manual disassembly, this methodology significantly improves oper-
ational efficiency (cycle time reduction >60%) and enhances the quality of recovered
aluminum strands (surface defect reduction ~35%).

Taking the JL/G3A-500/65 steel-reinforced aluminum conductor as an example, with
an approximate overall diameter of 28 mm and 22 aluminum wires in its outermost layer,
the critical torque required for disentangling the outermost aluminum wires was calculated
as approximately 40 Nm based on the formula proposed in this study. The clamping
mechanism, designed with an arc-shaped configuration, was determined to require a
minimum clamping force of 2000 N. The developed disentanglement module employs
a hollow rotary platform with a rated torque capacity of 500 Nm, coupled with a servo
motor rated at 1500 W. This study systematically investigated the influence of rotational
speed on disentanglement effectiveness, defined as the ratio of successfully separated
aluminum wires to the total number in the layer. As visually demonstrated in Figure 10a,
inadequate rotational speeds resulted in numerous residual undissembled wires, whereas
optimal rotational parameters achieved complete wire dissembling. The quantitative analy-
sis in Figure 10b reveals peak disentanglement effectiveness occurring at approximately
0.5 rad/s, achieving a near-complete separation of all aluminum wires in the target layer
under optimized conditions.
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Figure 10. (a) A comparative analysis of actual disentanglement performance under varying rotational
speeds. (b) Quantification of the effect of rotational speed on disentanglement effectiveness.

During the disentanglement process, the study revealed that each single dismantling
length of the conductor (defined as the distance between the conductor’s terminal end and
the disentanglement device during operation) exerts a significant influence on disentangle-
ment effectiveness. The relationship between the dismantling length and disentanglement
performance is quantitatively demonstrated in Figure 11a. Experimental results indicate
optimal disentanglement effectiveness at a protrusion length of approximately 10 cm,
achieving near-complete separation of all aluminum wires in the target layer under this
configuration. This critical parameter ensures maximum alignment stability and force
transmission efficiency between the conductor and the disentanglement apparatus during
the rotational process.
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Figure 11. (a) The influence of a single dismantling length on disentanglement efficiency. (b) The
relationship between the chuck clamping force magnitude and disentanglement performance.

During the disentanglement process, the clamping force exerted by the three-jaw
chuck must generate sufficient frictional force to resist the applied disentanglement torque
and prevent conductor slippage. The frictional force provided by the chuck should satisfy
the following requirement:

Tc
< ®)

In the formula, Tc denotes the critical torque required for disentangling the steel-
reinforced aluminum conductor, and r represents the radius of the conductor.

FfZ

Ff = -k )

In the equation, y represents the coefficient of friction between the aluminum conduc-
tor and the jaw material (where the jaw material is aluminum, p = 0.2). The calculation
yields a minimum required clamping force F. of 5000 N, corresponding to a minimum
individual jaw clamping force of 1333 N per jaw. To investigate the influence of clamping
force on practical disentanglement performance, this study conducted systematic exper-
iments demonstrating that optimal disentanglement effectiveness is achieved when the
individual jaw clamping force of the three-jaw chuck is approximately 2700 N, as illus-
trated in Figure 11b. This optimized clamping configuration ensures sufficient frictional
resistance to torque transmission while mitigating mechanical deformation risks during
the disentanglement process.

In addition to the aforementioned parameters, other process variables significantly
influence disentanglement effectiveness. For instance, insufficient clamping force in the
gripping device may induce a slippage phenomenon during rotation, severely compromis-
ing separation performance. Conversely, an excessive clamping force generates prohibitive
compressive stress that not only hinders the conductor-layer separation but also causes
substantial surface damage to the outer aluminum wires, adversely affecting subsequent
inspection processes. This study systematically investigated the critical process param-
eters for torque-based disentanglement of steel-reinforced aluminum conductors, with
the JL/G3A-500/65 conductor serving as the experimental prototype. The optimized
operational parameters derived from empirical observations are summarized in Table 2.
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Table 2. Critical disentanglement process parameters.

Parameter Theoretical Value Actual Value
Tc 28-56 NM 40 N-m
The clamp}ng forc.e o,f the 22000 N 2400 N
clamping device
Rotational speed / 0.4 rad/s-0.6 rad/s
Single-layer unwinding time
Fe >5000 N 8100 N
The length that is extended / 8-12 cm
Feeding speed of the linear / 1 m/min
module

Following the disentanglement procedure, the steel-reinforced aluminum conductor is
transported via the conveyance module to the separation unit. Upon traversing the separa-
tion channel, the conductor is partitioned into disentangled and non-disentangled sections.
Experimental observations revealed that improper disentanglement operations or mishan-
dling during channel transit can induce overlapping and misalignment phenomena in
partially separated aluminum wires, as illustrated in Figure 12a,b. Such irregularities signif-
icantly compromise subsequent shearing operations. Notably, this study demonstrates that
a controlled rotational adjustment of the three-jaw chuck, as shown in Figure 12c, effectively
mitigates wire misalignment by realigning the separated strands. Systematic experiments
conducted with the parameters outlined in Table 3 confirmed that optimized chuck rotation
substantially reduced overlapping defects in disentangled outer-layer aluminum wires.
The quantitative analysis shown in Figure 12d indicates successful alignment correction
for conductors featuring 22 outer-layer aluminum strands (typical of the JL /G3A-500/65
configuration), validating the operational efficacy of the proposed methodology.
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Figure 12. (a) The overlapping phenomenon of multiple aluminum wires, (b) a magnified view of
the overlapping region, (c) the reconfigured aluminum wire arrangement after rotational adjustment,
and (d) a quantitative comparison of overlapping wire counts pre- and post-adjustment.

Following alignment optimization, the outer-layer aluminum wires attain uniform
spatial distribution, enabling precise shearing operations. The aluminum wires in this
steel-reinforced conductor exhibit an approximate diameter of 3 mm, requiring a minimum
severing force of 900 N as previously calculated. The system employs a pneumatic cylinder-
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actuated tungsten carbide cutting tool to execute wire severing. Upon completion of
each cutting cycle, the chuck implements programmable stepwise rotational indexing
with angular increments configurable between 5° and 360°. Through operator-supervised
iterative cycles of directional shearing, complete layer separation is systematically achieved.
This protocol ensures controlled material removal while maintaining the structural integrity
of residual components, critical for preserving conductor geometry during sequential
processing stages.

Table 3. Critical shearing-separation process parameters.

Parameter Theoretical Value Actual Value
Aluminum wire cutting length 300 mm 290 mm-310 mm
Cylinder thrust <3000 N /
Cutting force of the tool >900 N 1500 N

Cylinder stroke 50 mm 50 mm
Cutting tool materials W18(W18Cr4V)

Angle of the three-claw chuck

rotation after a single cut 164 13-19

4. Conclusions

To address the challenges of a high operational complexity, intensive labor require-
ments, and inefficiency associated with the manual disassembly of steel-reinforced alu-
minum conductors, this study proposes a torque-based disassembly system. Firstly, me-
chanical feasibility analysis was conducted through finite element simulations, with results
confirming the viability of a torque-driven layer separation. Subsequently, the system
architecture was decomposed into three functionally optimized modules—conveyance, dis-
entanglement, and shearing—through a systematic modular design methodology. Finally,
the integration of sensor feedback mechanisms and coordinated power transmission sub-
systems established a synergistic mechatronic system. A comprehensive investigation of
critical process parameters governing conductor disassembly was concurrently performed.

The torque-based disassembly system demonstrates significant advantages in labor
efficiency and operational safety. Conventional manual disassembly necessitates skilled
technicians and poses ergonomic risks from repetitive strain injuries. In contrast, the
automated prototype developed in this study achieves standardized high-throughput
disassembly through single-operator supervision, reducing labor intensity by 83% while
ensuring consistent separation quality.

This research establishes a paradigm shift in conductor recycling through three key
innovations: (1) validation of torque-based separation mechanics via aluminum-steel inter-
facial simulation modeling; (2) development of modular intelligent disassembly equipment
overcoming traditional technological limitations; (3) achievement of aluminum recovery rates
exceeding 98% with preserved material integrity. The system demonstrates substantial in-
dustrial scalability, enabling large-scale conductor disassembly integrated with inline quality
inspection—a critical advancement for power grid maintenance and circular economy appli-
cations. A experimental verification confirmed a 72% efficiency improvement over manual
methods (JL/G3A-500/65 specification). These technological breakthroughs position the
system as a benchmark solution for sustainable conductor recycling infrastructure.
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Abstract

This work presents the design and implementation of a mechanical test bench developed for
the comparative evaluation of three configurations of a mechanical biomedical device: the
reference version and two optimized alternatives aimed at improving long-term reliability
and functional performance. The test bench performs mechanical fatigue testing under
controlled and repeatable conditions, simulating the cyclic loads typical of real-world
operation. A key innovation of this system is the integration of a non-invasive acoustic
acquisition module, which continuously monitors the dynamic behavior of the device
during testing. The analysis of acoustic signals allows for the early detection of wear,
looseness, deformation, and the onset of structural defects, providing valuable insight into
the device’s mechanical health without altering its configuration. This study also details
the engineering design of the control system, emphasizing both hardware integration
and software architecture supporting real-time signal processing. Experimental results
demonstrate that acoustic analysis represents an effective non-destructive approach for
evaluating the endurance and reliability of compact plastic biomedical devices. The pro-
posed methodology contributes to more accurate service life estimation, supports product
validation, and promotes continuous improvements in the safety and quality of mechanical
systems used in biomedical applications.

Keywords: test rig; acoustic signals; fatigue life; biomedical devices; non-invasive diagnostics

1. Introduction

In the field of biomedical technology, there is a continuous evolution of increasingly
sophisticated devices, designed to improve patients’ quality of life and support healthcare
personnel in therapy management. Among these, mechanical devices play a primary role,
representing an essential component of everyday therapeutic practice. These include, for
example, mechanical dispensers for drug administration, which may be disposable or
designed for a limited number of uses. Although often small in size and seemingly simple,
such devices perform critical functions within the therapeutic process, as they ensure the
controlled and precise release of medication according to well-defined modes and timing.

The proper functioning of these devices is essential not only to guarantee the effectiveness
of pharmacological treatment but also to safeguard patient safety. Possible malfunctions—such
as mechanical blockages, irregular dosing, or structural failures—can compromise therapy

Machines 2025, 13,1118
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adherence and, in more severe cases, create clinical risks with potentially significant conse-
quences, particularly for vulnerable patients or in high-risk contexts [1].

From an engineering perspective, these devices exhibit a relatively complex structure,
often made of plastic materials and characterized by compact geometries and multiple
moving parts. Such features make them inherently prone to mechanical wear, clearance
accumulation, and material degradation, especially under repeated use. Consequently, it
becomes crucial to study their behavior not only through analytical models and numer-
ical simulations but also by means of physical experiments and fatigue tests specifically
designed to replicate real operating conditions.

In this context, the assessment of long-term mechanical reliability becomes a central
issue [2]. The ability to detect potential functional anomalies or hidden defects in advance,
even before they manifest critically, is fundamental for realistically and safely estimating
the service life of the device, while minimizing the likelihood of unexpected failures
during operation.

A particularly promising approach in this field consists of integrating advanced
non-invasive monitoring techniques, including the acquisition and analysis of acoustic
signals generated during fatigue tests. Acoustic analysis of mechanical components is a
typical approach for the early detection of failures or excessive clearances, especially in
complex mechanisms or components that are difficult to instrument directly [3-5]. When
properly processed, these signals can provide valuable insights into abnormal mechanical
play, incipient cracks, or localized material degradation. Such techniques are especially
effective for compact plastic devices, widely used in the biomedical industry due to their
cost-effectiveness, light weight, and ease of manufacturing.

One of the main advantages of acoustic testing lies in its inherently non-invasive
nature: the analysis is carried out without physically interfering with the internal structure
of the device and without altering its functional configuration. This aspect is crucial, as
it allows for the monitoring of the system actual behavior during operation, avoiding the
introduction of sensors or equipment that might alter the device mechanical dynamics. As
a result, a faithful and representative evaluation of the product life cycle can be obtained,
supporting design, validation, and continuous improvement processes.

Ultimately, the combination of analytical precision and non-invasiveness makes acous-
tic testing a highly strategic tool for the development and verification of biomedical devices
that are increasingly reliable, safe, and durable.

The present work describes in detail the design and construction of a mechanical
test bench developed for the comparative evaluation of three different configurations
of a purely mechanical biomedical device, a nominal configuration currently available
on the market and two alternative optimized solutions, designed to improve long-term
structural reliability and functional performance. The possibility of comparing three
different components, one of which is currently commercialized and has known life data,
on the same test bench allows for the validation of both the methodology and the rig [6].

This work proposes the integration of acoustic analysis technologies to identify failures
on test benches for fully assembled biomedical components. Specifically, the study aims to
perform analysis not on a single component or specimen [7], but on the complete device.
Furthermore, by detecting damage during testing through non-invasive measurement tech-
niques, the approach enables the use of the test architecture while minimizing intervention
on the analyzed device. Minimal invasiveness on the samples helps to reduce the risk of
damage due to handling, an often difficult-to-reproduce variable, and allows for the test
bench to be employed with a reduced setup time, i.e., for periodic testing.
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The integration of acoustic analysis technology in the field of small biomedical devices
requires correlating the microphone signal with damage propagation in small thermoplastic
devices, a correlation that has been scarcely investigated compared to metallic components [4].

The combination of these analytical challenges, small and inaccessible devices, short
cycles, plastic fatigue, and fully assembled plastic components, has been scarcely investi-
gated in the literature and represents a relevant research opportunity.

The test bench was conceived to perform mechanical fatigue tests under controlled
and reproducible conditions, simulating the cyclic stresses typical of real device use. To
support the experimental activity, an acoustic acquisition system was integrated, capable
of monitoring the dynamic behavior of components in real time throughout the entire
operating cycle. The analysis of sound signals generated by the device mechanical operation
provides an objective, continuous, and completely non-invasive assessment of the internal
condition of the components, thereby offering valuable information on wear, looseness,
deformation, or the onset of defects.

This implementation enables a systematic and consistent evaluation of the three
analyzed solutions, allowing for a more accurate estimation of their remaining service life
and the identification of possible structural or functional criticalities, with a view toward
continuous improvement aimed at enhancing product safety and overall quality.

This methodology is useful for detecting failures in fully assembled components at the
end of the manufacturing line. The purpose of the output is to evaluate the service life while
considering all the variables encountered during the development and manufacturing process.

Furthermore, this study highlights the engineering rationale behind the development
of the control system, with particular focus on the software architecture and hardware
components dedicated to the management of the acoustic acquisition system, which con-
stitutes a fundamental part of the decision-making algorithm employed to evaluate the
device mechanical endurance. Finally, the methodology for processing acoustic signals
and their integration into the performance validation process is discussed, with the aim of
demonstrating the effectiveness of this approach as a non-destructive analysis tool in the
mechanical domain.

2. Specific Mechanical Issue and Investigation Methodology
2.1. Mechanical Issue

The specific issue addressed in this analysis concerns a drug delivery device intended
for inhalation therapy. The system, designed for individual and home use, consists of a set
of micro-mechanical components integrated into a compact and user-friendly body. The
main functions that the device is required to perform include the following:

e  The precise dosing of the active ingredient to be administered;

e  The effective mixing of the drug in solid form (typically micronized powder) with the
airflow generated during patient inhalation;

e  The accurate counting of remaining doses, in order to avoid incomplete administra-
tions or overdosing;

e The generation of an acoustic signal, in the form of a “click,” to confirm to the user the
correct positioning of the device for effective administration.

In this context, the component under detailed investigation is the mechanism respon-
sible for generating the acoustic feedback—a sharp and recognizable sound produced
during device actuation, which serves as confirmation to the user that the therapeutic
action has been correctly performed. This sound has not only an informative function but
also represents a critical element for the clinical effectiveness of the treatment, as it ensures
that administration takes place under the conditions required by the usage protocol.
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The emission of the acoustic signal is the direct consequence of a mechanical stress
applied to an elastic component of the device. Specifically, the mechanism can be effectively
modeled as a cantilever beam, fixed at one end and subjected to an imposed displacement
at the other end, which is then released in an almost impulsive manner. This triggers a
free oscillatory motion during which the component vibrates within the audible frequency
range, generating the characteristic “click” (Figure 1). The component responsible for
producing the “click,” hereafter referred to as the click arm, is actuated by a kinematic
system linked to the opening and closing movements of the device. The mechanism can be
imagined as being driven by two cams, each with a different profile, attached to the device
cover. One cam engages the click arm during opening and the other during closing. These
cams approximate the behavior of the internal mechanism used by the device to excite the

click arm, which itself is not subject to direct analysis.
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Figure 1. Device operation scheme.

The operating conditions of the mechanism are strongly constrained by geometric and
material selection factors. The small dimensions of the device impose strict spatial limita-
tions on the component geometry, requiring an extremely compact and optimized design.
Furthermore, material choice is heavily influenced by biocompatibility requirements.

To obtain an acoustic response that is sufficiently intense and distinguishable during
use, while still respecting geometric constraints, the structure operates in an elastoplastic
deformation regime. Despite the relative simplicity of the mechanism, its small size
prevents the adoption of a design capable of entirely avoiding material plasticization and
thereby eliminating the issue of low-cycle fatigue. As a result, the total number of possible
actuations is limited: it is estimated that the component can withstand only a few hundred

cycles before its mechanical properties degrade beyond functional limits.

In order to increase the safety margin with respect to the required service life of the
component, a geometric optimization process was undertaken. This optimization, imple-
mented through iterative loops of redesign and Finite Element (FE) calculations, produced
two improved geometries, whose details are out of scope of the present contribution. How-
ever, due to insufficient background knowledge regarding material properties, friction
effects, and other factors, the analyses carried out could only provide a comparative assess-
ment relative to the original solution. To establish an absolute evaluation of the problem,
the construction of an experimental test bench was therefore deemed necessary.
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2.2. Investigation Methodology

The small size and structural complexity of the system prevent the integration of
mechanical sensors within the component, making direct monitoring of internal stresses
or deformations impossible. Moreover, to ensure that the test is representative of real
operating conditions, it is not feasible to adopt equivalent external actuation methods, such
as applying linear or rotary actuators directly to the disassembled component. The behavior
of the mechanism is strongly influenced by the fully assembled device, which provides
the actual constraints and boundary conditions, including internal friction, mechanical
couplings, and functional clearances.

Given these constraints, the most effective validation strategy involves performing
endurance tests on the fully assembled device, actuated under conditions similar to those
experienced by the end user. The activation cycle is therefore replicated by an anthropomor-
phic arm that simulates the operator action, ensuring consistency between test conditions
and real use [8].

The monitoring of component functionality is carried out by analyzing the acoustic
signal emitted during each activation cycle. Although indirect, this methodology enables
non-invasive verification of the component actual functionality, detecting possible degra-
dation over time in the form of reduced sound intensity, changes in the spectral content of
the signal, or the disappearance of the “click.” Such variations provide a reliable indicator
of the component damage threshold being exceeded.

This approach also respects the constraints of miniaturization and does not interfere
with the structural integrity of the system. Through appropriate audio acquisition and
subsequent signal processing—using, for example, time- and frequency-domain analysis
techniques (FFT, spectrograms, cepstrum, etc.)—it becomes possible to objectively identify
the onset of functional degradation [9].

In addition to acoustic analysis, a load cell is used to measure the actuation force
(opening and closing of the device). Monitoring the actuation load makes it possible to
detect jamming conditions or increased friction. This is useful for stopping the test in time
in the event of a component failure that does not produce a significant change in the “click,”
but which could continue damaging the device and make it impossible to identify the root
cause. The test interruption based on load cell monitoring also allows for the validation of
the complete component and the measurement of possible end-of-life conditions arising
from causes external to the click arm itself.

3. Test Setup

The mechanical actuation of the component is performed using an anthropomorphic
robotic arm. The choice of employing a robotic arm allows for natural motion, consistent
with the manual operation of a portable device, while at the same time ensuring that
identical movements are repeated across cycles (Figure 2).

This is an essential requirement for the test setup, which must replicate real operating
conditions as closely as possible while guaranteeing repeatability between cycles.

The actuating cycle consists of device opening and closing, as illustrated in Figure 1.
The movement is controlled by displacement corresponding to the full available stroke.
The velocity is constant at the maximum speed allowed by the robot for each segment.
Consequently, the actuating frequency is determined by the actuation speed, allowing for
one full cycle to be completed every 5 s. The actuating frequency is not critical for the
test parameters, as real operational actuation is much slower and occurs only a few times
during a day. Therefore, the speed is only relevant for the duration of the tests.
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Figure 2. Test setup.

The gripping fixtures are manufactured by 3D printing with plastic material and are
designed to meet the following requirements:

e  Avoid mechanical interference (e.g., excessively high contact pressures);

e  Benon-destructive (no drilling, interference fits, etc.);

e Be chemically non-aggressive (neutral adhesives or treatments in a way to do not
damage the material);

e  Allow the integration of a load cell for monitoring the actuation load.

The adopted solution was to design friction-based grippers with controlled load application.

The lower gripper (Figure 3a) accurately reproduces the shape of the component. The
component itself is composed of two shells that can slide relative to each other, thereby
generating load at the interface with the component and securing the device in place. The
load is elastically applied via a helical spring. The entire lower gripper assembly is fixed to
the base.

(@ (b)
Figure 3. (a) Uppergripping (b) Lower gripping.

The upper gripper (Figure 3b) also applies contact load to ensure sufficient friction for
actuation. In addition, adhesive pads are used to reduce the stiffness of the applied load,
improve the distribution of the contact area, and provide a minimal adhesive force. The
adhesives employed are certified as chemically non-interfering with the thermoplastics
used in the device.
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The kinematic structure of the upper gripper consists of two floating arms relative to
the robot gripping point. This floating configuration ensures automatic centering without
the risk of inducing parasitic loads. Between the arm guide and the robot gripper, a load
cell is installed. The load cell provides output data regarding the actuation torque.

The trajectory of the robotic arm is programmed to ensure that the axis of the gripper
always remains tangent to the device opening path. By maintaining tangency between
the gripper position and the circular opening trajectory, radial loads are avoided, and the
actuation torque can be extracted directly and reliably from the load cell.

4. Analysis Setup and Robot Interface

The functional analysis is carried out through the acquisition of three analog
signals (Figure 4):

e  Microphone signals

O An environmental microphone.
O A capsule microphone positioned close to the device.

e  Signal from the load cell

mic 1 }_H Audio board 1

mic 2 ’—H Audio board 2

Computer ko User

‘ rebot logical input KH HID relays board

ADC }—H serial board

‘robot locical output d

Figure 4. Hardware diagram.

4.1. Acquisition of Microphone Signals

The environmental microphone was included solely to provide an ambient reference
track for use during post-processing. The rationale behind this choice is that, unlike the
local capsule microphone, the environmental microphone captures the device signal in a
highly attenuated form while strongly amplifying environmental disturbances. For this
role, a capacitive cardioid-pattern microphone was selected. It is positioned at a distance
from the device, with its direction of minimum sensitivity oriented toward the device itself.
This placement is intended to minimize the detection of the device “click” signal.

In contrast, the capsule microphone positioned close to the device is specifically
intended to maximize the capture of the device signal while attenuating external noise. This
capsule has predominantly directional characteristics and is oriented directly toward the
component under test, at just a few millimeters of distance. A foam windscreen was placed
over the capsule to eliminate potential air flow noise. However, the controlled laboratory
environment in which the tests were conducted made additional precautions unnecessary.
In fact, even in the early tests, the recorded signal proved to be remarkably clean [10,11].

In this case, the use of an appropriate frequency filter is sufficient to cancel background
noise. Indeed, the combination of placing the microphone close to the system relative
to the noise intensity, together with adequate gain settings, ensures that the noise has
minimal influence on the frequency spectrum of interest. The data collected from the
environmental microphone are useful for future studies aimed at evaluating the possibility
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of improving a noise-canceling model by combining signals from both the environmental
and local microphones. Implementing a noise-canceling algorithm would further expand
the applicability of this test rig.

The two microphones are acquired through separate audio interfaces, while the load
cell signal is acquired via an analog-to-digital converter (ADC). The environmental micro-
phone requires +48 V phantom power, supplied directly by the acquisition interface. The
capsule microphone also requires phantom power, but at a significantly reduced level of
approximately 4 V. Therefore, a suitable voltage reducer was introduced.

Both supply voltages are derived from their respective audio interfaces. This ensures
that the ADCs share the same voltage reference as that which powers the microphones,
thereby eliminating the risk of amplitude drift caused by supply voltage variations. If
an external circuit had been used, small fluctuations in supply voltage—likely to differ
between the ADC and the power supply unit (assuming two separate devices)—could
have introduced unpredictable amplitude errors. The issue is resolved by maintaining
proportionality between the microphone supply voltage and the reference voltage of the
acquisition board [12].

The solution required the inclusion of a component to step down the supply voltage
for the capacitive capsule microphone, since high-performance commercial audio interfaces
typically provide only +48 V phantom power.

Both audio interfaces used are capable of 24-bit, 192 kHz acquisition. However, after
initial testing, it was determined that the problem under investigation could be adequately
addressed using 16-bit, 44 kHz sampling. This was advantageous in terms of data storage
requirements. It was estimated that the full test campaign on 89 components, with 40 min
trials, generated approximately 1.8 TB of data. The data are stored as binary vectors in
HDF-format data frames, without any lossy compression algorithm. For this reason, storage
requirements are not comparable to typical audio files such as WAV, where compression or
reduced resolution is often applied.

4.2. Load Cell Acquisition

The load cell is used both to monitor the evolution of the device resistant load and
to prevent forcing the device into closure in the event of damage leading to mechanical
blockage. The chosen sensor is a conventional S-type load cell with a full scale of 2 kg.
Electrically, the cell is configured as a full-bridge type and is supplied with a calibration
certificate, which allows for its use without the need for additional calibration. The load
cell is an AEP transducer with a sensitivity of 2 mV/V and an uncertainty of 0.002%.

The analog-to-digital conversion is performed using the Texas Instruments ADS1220,
a 24-bit Sigma-Delta ADC [13,14]. For this application, it is configured in single differential
channel mode with a 5V reference voltage. Communication with the PC is handled via an
Arduino Mega 2560, which communicates with the ADC through SPI and is responsible for

e  Setting the ADS1220 registers;
e Reading and packaging data from the ADC;
e Reading the robot status contact.

The analog signal is acquired at 24-bit resolution and 330 samples per second. The
Arduino communicates with a Python 3.12 software, running on the setup computer, via a
serial port, transmitting hexadecimal strings. Each packet contains the robot contact status,
the value acquired by the ADC, and the timestamp associated with the value. The ADC
provides a data-ready (DRDY) pin, which ensures that the buffer is not overwritten until the
value is read. This guarantees synchronization with the circuit clock, but it is not sufficient
to ensure the exact temporal position of the samples. Relying solely on the Time Sample
field recorded in the register to reconstruct the time series could lead to two problems:
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e Propagation of a time error, caused by even small discrepancies in the actual
sample time;
e  Loss of traceability of a missed acquisition, e.g., due to a full buffer.

To mitigate this issue, the Arduino is configured with an interrupt driven by the DRDY
pin, helping to compensate for potential systematic errors in the temporal alignment of
the samples.

Two additional digital signals—test start and emergency contact—are managed via an
external HID relay board. The choice to use a separate relay board rather than integrating
these functions into the Arduino + ADC circuit was motivated by two reasons: ensuring
an additional technology option for future applications and guaranteeing access to the
emergency contact even if the Arduino + ADC system were to lock up. In this regard, the
use of an HID device is advantageous due to its versatility, ease of implementation, and
fast deployment. Numerous libraries are available depending on the intended application.

All1/0O signals are managed by Python programs running concurrently on the same
computer. These programs are responsible for

Ensuring correct timing of signals;
Executing the required operations;
Detecting the presence or absence of failure conditions;

Managing the test sequence (cycle counting, robot start/stop, etc.).

The software logic is described in detail in the following section.

5. Software Logic
The software can be divided into three main interfaces:

e  Cycle manager;
e Audio signal analyzer;
e  Serial interface signal analyzer (load cell and robot contact).

The last two points are invoked by the user through the cycle manager.

In the software diagram (Figure 5), hollow arrows represent user commands,
while solid arrows indicate the flow of information exchanged between the different
software blocks.

Main interface,
software manager

Cycle control 4‘

' ‘ Audio acquisition [
v
H ‘ Audio analyzer K*

User start comand

»

Serial run r

Figure 5. Global software architecture.

The Cycle Control block outputs directly to the Main Interface. The main interface
contains both the commands for starting and stopping the other applications and the
commands for managing the test cycle.

The audio acquisition system does not directly generate an output visible to the user;
therefore, a semaphore was added to the main interface to confirm its activation. The
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acquisition tool produces packets addressed to the audio analyzer, which are then used to

generate the reference outputs.

5.1. Cycle Manager

The cycle management interface is the first program launched at startup. It functions

both as the main user interface and as the cycle manager (Figure 6). The areas in red indicate

that the corresponding tools are inactive; they turn green when the tools are started.
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Within this program, the following tasks are performed:

e Input of test parameters;

e Communication with the robot;

e  Management of test start, stop, and safe shutdown;

e Logging of test execution.

The user interface shown in the diagram (Figure 7) represents the main interface,

which controls the startup of the other applications as well as the cycle parameters. From

this interface it is possible to configure the pre-launch settings of the various software

submodules (such as serial ports, sampling frequencies, etc. Once all the necessary systems

have been initialized, the user can configure the cycle and start the test.
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Figure 7. Cycle manager schematic.
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The cycle configuration has been designed to be as general as possible. Among the
required parameters for test automation, the most important are

o  Cycle limit;
e  Failure logic.

The upper cycle limit defines the maximum number of cycles, beyond which the test
loses significance regardless of whether a failure has occurred. Cycles are categorized into
opening and closing phases. Ideally, in cyclic actuation, the mechanism should return to its
starting position at the end of each cycle. However, in cases where intermediate positions
exist, it may be useful to split the cycles into sub-cycles.

The failure logic requires several parameters to be configured:

e  Failure detection strategy;
e  Tolerance time (in cycles) before stopping;
e  Reset strategy if the tolerance time is not exceeded.

The failure detection strategy defines which features are monitored to declare a com-
ponent as failed. In this work, amplitude and frequency checks are performed. The
user can choose whether to monitor one, both, or apply logical combinations (OR/AND)
between them [15].

The failure tolerance time, expressed in cycles, sets the number of consecutive failures
required before declaring a definitive failure. This avoids stopping the test due to spurious
measurement errors or transient information loss, while keeping the margin of error very
small and limited to a few cycles. This tolerance can be disabled by setting it to zero. It
is important to note that this mechanism does not override safety checks: once a safety
condition is triggered, the test stops immediately regardless of tolerance settings.

The reset strategy defines how the system exits the failure tolerance window. Since
each cycle can be split into two sub-cycles, i.e., opening and closing, the user can specify
whether the reset condition should be evaluated on a single sub-cycle or on the entire
cycle. This tolerance ensures that the test does not stop when an isolated error is detected.
Because this tolerance is known and very small, it does not affect the test results.

At the end of the test, the tool generates a log file, where each executed sub-cycle is
recorded as a row.

Each log entry includes the following;:
Values analyzed by the dedicated tools;
Failure status (ON or OFF);

Cycle number;

Actuation time;

Execution timestamp.

5.2. Audio Acquisition and Analyzer

The user interface for the audio analyzer comprised a detection-parameter setting area
and a visualization of time-domain signals and frequency-domain computations (Figure 8).

The main challenge in this part of the system is ensuring that all audio packets are
preserved (i.e., preventing the loss of temporal segments) while maintaining a sufficiently
low latency to allow for real-time usability.

To address this issue, the system extensively relies on the queue principle (Figure 9).

The queues are of the FIFO type (First-In-First-Out), allowing for processes to operate
independently so that a slowdown in one stage does not block the previous one. This
approach prioritizes data integrity (no packet loss) at the expense of a slightly less strict
real-time performance. In other words, the system guarantees that the entire timeline
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of interest is processed, with latency between acquisition and output depending on the
available computational power [16,17].

Figure 8. Audio analysis tool screenshot.

queue
Packet Last entry
Packet
Packet
Packet
First exit Packet Increment direction

Figure 9. Queue logic flowchart.

The following functions are executed for each channel involved in the test (Figure 10).

Writing process

<] writing queue ‘
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Figure 10. Audio processing logic diagram.
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A timestamp is assigned to every acquired audio packet. Since each packet contains
a defined number of samples and a fixed sampling frequency, the corresponding time
vector can be reconstructed. Tests were conducted to check for reconstruction errors by
comparing the expected acquisition period with the time delta between the last sample of
one packet and the first sample of the next one. These tests, performed across different
sampling frequencies with random input signals of varying amplitude, showed errors only
within numerical precision limits. This means that the hardware system is adequate for the
required operating conditions.

In the Writing Process, acquired RAW data are written directly to the disk without
conditioning. Data are grouped into fixed-length blocks, and upon completion of each
block, the function writes a Data Frame into an HDF (h5) file.

This process generates multiple files during the test, each with a fixed number of
samples. At the end of each test, all files are merged into one using an appropriate tool.
This ensures that any occurrences during the test do not compromise the data already
written in the previous files. In the processing sequence, the signal is analyzed both in
the time domain and in the frequency domain. The objective is to determine whether a
minimum amplitude threshold is exceeded, thereby validating whether the component has
operated correctly.

For each packet, the processing pipeline consists of

e  Band-pass filtering;
e FFT computation;
e  Threshold comparison.

Filtering is performed using two consecutive 10th-order Butterworth filters (low-pass
and high-pass) to isolate the band of interest.
The FFT is executed with redundancy factor 4 (see Figure 11).

< Scrolling direction

| packetN |||packet N+1] [packet N+2| [packetN+3| [packet N+4] | [packetN+5| <} Filtered signal
| ] ! l - packets sequence

Y

FFT window

-

\ FFT form P Nto P N+3 | | FFT form P N+1 to P N+4 \ | FFT form P N+2 10 P N+5

Figure 11. FFT processing logic diagram.

Each time a new packet is available, an FFT is computed including the current packet
and the previous three. Given that each packet spans a duration T,

AcqFilt(0, 4T) — FFT(0);
AcqFilt(T, 4T + T) — FFT(1);
AcqFilt(2T, 4T + 2T) — FFT(2);

Here, AcqFilt(t) is the time-domain filtered acquisition vector, and FFT(n) is the matrix
of transforms (dimensions: m = 2T, n = processed packets—3) [18-21].

This method ensures that at least one transform fully contains the signal of interest.
Since successive transforms overlap in time, the amplitude evaluation remains stable.
For this reason, windowing functions are not used, as they would introduce uncertainty
depending on whether the signal of interest falls within the same window segment, po-
tentially causing amplitude errors. The windowing algorithm used in this case does not
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combine the FFTs with each other; it is only applied to ensure that the click signal is fully
captured within a single FFT window.

Once the sequence of FFTs is obtained, both the time-domain and frequency-domain
results are compared against predefined thresholds. When the thresholds are exceeded, two
shared Boolean variables (“success”) are triggered: one corresponding to the time-domain
check, the other to the frequency-domain check.

With this configuration, the average lag from the acoustic occurrence to the triggering
event is approximately 400 ms. However, this value is strongly influenced by the window
size and the hardware capabilities. In particular, the window size directly affects the
time lag, as it is necessary to wait for the acquisition to complete before performing the
analysis. At the same time, the minimum window size is constrained by the duration of
the acoustic event.

After verifying these “success” variables, the cycle controller resets them to zero and
instructs the robot to proceed with the next cycle [22].

5.3. Serial Port Analyser
The serial port analyzer performs the following tasks:

Reading the load cell signal;
Plotting it as a time-domain graph;
Comparing it against predefined threshold values (specifically, protection limits);

Reading the status of digital inputs.

The program receives packets from the serial interface and distinguishes whether they
contain status information or a time-series segment from the load cell (see Figure 12) [23-25].

shared boolean
variables set

1 digital Input |
Hardware 1> Serial Acquisition
| analog packet

shared boolean |
variableset | | Limit occurance writing queue |

Plotting queue Writing process |

Plotting funcion
Figure 12. Serial acquisition logic diagram.

e In the case of Boolean status signals, the analyzer simply updates the corresponding
shared variables.

e  If the packets contain load cell data, the software processes them, plots the signal, and
stores it.
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This analysis implements a safety circuit based on load limits. When the signal exceeds
the threshold, the shared variable “safe” is set to 1. As is standard in safety logic, the reset
of the “safe” state can only be performed manually via the user interface.

The system operates in a manner very similar to the audio analyzer. Similarly to audio
systems, the data are written to disk in fixed-length packets. However, since the load cell
is used exclusively for protection purposes, no frequency-domain analysis is required in
this case.

6. Results

The proposed setup allowed for all system “clicks” to be detected and enabled evalu-
ation of the actual lifetime of all tested samples. Specifically, the results provide two key
pieces of information:

e  Decay of the natural frequency as cracks propagate;
e  Useful life of the samples during the test.

When presenting the following results, we would like to note that sensible values
have been normalized with respect to a reference limit value for industrial confidentiality
reasons [26].

Figure 13 shows a typical output in the time domain. In particular, it displays the
recordings from the proximity microphone corresponding to a generic cycle, including
both opening and closing phases. From the signal, the peak values identified by the red
markers can be easily extracted. In the graph, the horizontal red line represents the signal
threshold.

Time Domain Signal

F_Openmg - - - __Closing

Normalized amplitude

1713776 L7577 T.713777 T713778 T715778 T71377% T7137e0

Time [s]u ‘Dx‘llﬁ‘;
Figure 13. Time-based signal example.

The maximum recorded for each cycle can then be plotted as a function of the opening
and closing sub-cycles, as shown in Figure 14.
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Figure 14. Amplitude peaks, in the time domain, plotted over cycles: opening sub-cycle in blue (a);

o

o -

Normalized amplitude

o

closing sub-cycle in red (b).

By observing the figure, a decay in amplitude is immediately noticeable—particularly
for the closing signal—as the number of cycles increases. This trend highlights the onset
of the fracture in the “click arm” under investigation [27,28]. To increase the reliability
and confidence of the results, in addition to the time-domain Mini One—Cooper R50-53
(2001-2006) Rivestimento del sottoporta delle minigonne lateralianalysis, a frequency-
domain analysis was also performed using the FFT of the signal, as described in detail
in Section 2.1. In particular, Figure 15 shows the trend of the maximum amplitude in the
frequency domain as a function of the opening and closing sub-cycles, while Figure 16
displays the corresponding frequency, also as a function of the sub-cycles.

200



Machines 2025, 13,1118

FFT_Amplitude
$1.0
= ' == -
508 Closing
% 0.6 T ERRE ~ — Qpening
E 0.4 — Threshold
= e B = ==
20.2 [T R AN
S B
=
0 0.2 0.4 0.6 0.8 1.0
Cycle
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In all the diagrams, a general decrease can be observed both in the amplitude of
the peaks and in the corresponding frequency. This decay is observed in all components
and across all tests, showing the same behavior. Qualitatively, this result is consistent
with the behavior of a generic clamped beam, where the propagation of a crack near the
clamped end leads to an overall reduction in bending stiffness and, consequently, in both
the first natural frequency and the oscillation amplitude when excited by an imposed end
displacement, see Figure 1.

The decrease in amplitude and frequency was also confirmed by visual inspection of
the components. Unfortunately, the “click arm” is not accessible without disassembling
the device, and the limited number of specimens does not allow for multiple analyses at
progressive cycle stops to study the continuous propagation. However, it was possible to
stop a few tests when an initial decay became perceptible, and Figure 17 shows the initial
crack propagation. This behavior is consistent with the already described behavior of a
clamped beam.

In order to identify the service life of the component, it appears evident that an
appropriate lower threshold can be defined for the amplitudes as a function of the cycles,
both in the time and frequency domains, as well as for the corresponding frequencies as a
function of the cycles.

In this case, amplitude monitoring is used to control the test, since the main function
of the component is to emit perceptible acoustic feedback. Provided that the signal remains
within the audible frequency range, functionality is confirmed if the amplitude remains
above a predefined limit.

Moreover, by comparing Figures 15 and 16, the amplitude signal appears more stable,
particularly in the final decay region. In fact, in the frequency plot, near the end of the test,
the closing curve exhibits some spikes or unusually high values that do not conform to the
expected decay. This can be explained considering the kinematics of the mechanism: during
closing, higher-frequency peaks, normally filtered out, can interfere with the decay period.
Indeed, as the component begins to fail, the decay of both frequency and amplitude is not
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uniform across the spectrum. Some cycles, at crack initiation, may feature higher-frequency
peaks with amplitudes comparable to the characteristic response, causing temporary
instability in the plot.

(a) (b)

Figure 17. Two examples of the start of crack propagation: specimen 1 (a), specimen 2 (b).

In terms of amplitude, the perceptible acoustic threshold was defined subjectively
according to usage requirements and, in consultation with the manufacturer, was set to
ensure the device would not fall below a level where damage would become imperceptible.
To determine this operational limit, several samples were taken near failure and evaluated
subjectively by the client.

Once the limit thresholds are defined, for each tested sample, the service life can be
identified as the intersection between the amplitude—cycle curves and their corresponding
thresholds, both in the time and frequency domains.

Figure 18 shows the experimentally derived service life for the 21 tested samples across
the three types, i.e., the original (Reference) and the two optimized solutions obtained
from numerical simulations (Type A and Type B). To reduce test variability and maximize
sample homogeneity, all specimens were produced from the same molding batch.
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Figure 18. Normalized test life for each specimen.
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The service life was normalized with respect to the maximum value obtained for the
reference configuration. Good stability and consistency can be observed among the results
belonging to the same type, thus validating the measurement system and the repeatability
of the tests.

The results indicate that the two optimized designs demonstrate approximately 50%
improved performance. This outcome also validates the calculation methodology, although
the detailed method is beyond the scope of this discussion. Overall, the results not only
confirm that the product-specific objectives are met but also validate the investigation
methodology, demonstrating that the test bench functions as intended.

7. Conclusions and Future Developments

This work presents the design and implementation of a mechanical test bench for eval-
uating three configurations of a biomedical device. A real-time acoustic acquisition system
enabled non-invasive monitoring under cyclic loading, reproducing operational stresses.

The methodology described in this work is designed for seamless integration into the
production line. Its ultimate goal was to provide a system capable of testing samples during
manufacturing. This was useful for identifying any issues that occur during component
production, whether related to materials or assembly, and allows for the affected lot to
be removed.

The results demonstrate that acoustic monitoring reliably detects early signs of failure
and allows for the estimation of service life by correlating amplitude trends with operat-
ing cycles. This approach provides an objective measure of structural performance and
durability, validating the test bench as a robust platform for fatigue testing of compact
mechanical devices.

The system combination of hardware and software components ensures repeatability
and accuracy, while its modular design offers potential for adaptation to other devices.
Future improvements include the development of a single interface board to increase
versatility, the implementation of wireless signal acquisition for moving components, and
a generalized software interface to manage various cycle protocols. Integration with robots
or other industrial devices could further enhance automation.

From a data analysis perspective, the availability of time- and frequency-domain
signals allows for energy analyses, noise reduction, and the application of Al algorithms
for pattern recognition or predictive maintenance. These enhancements would expand the
test bench capabilities and provide deeper insights into device behavior under cyclic stress.
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