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Abstract

Pyrolysis technology currently serves as a significant method for recycling and reducing
waste tires. In this paper, in order to improve the heat transfer efficiency during the pyroly-
sis of waste tires in a horizontal rotary furnace and the yield of pyrolysis oil, the effect laws
of tire particle size, rotary furnace rotation speed, enhanced heat transfer materials, and
adding spiral fins on heat transfer performance and pyrolysis product distribution were
studied, respectively. The innovation lies in two aspects: first, aiming at the problems of
slow heat transfer and low pyrolysis efficiency in horizontal rotary furnaces, we identified
technical measures through experiments to enhance heat transfer, thereby accelerating
pyrolysis and reducing energy consumption; second, with the goal of increasing high-value
pyrolysis oil yield, we determined optimal operating parameters to improve economic and
sustainability outcomes. The results showed that powdered particles of waste tires were
heated more evenly during the pyrolysis process, which increased the overall heat transfer
coefficient and the proportion of liquid products. When the rotational speed of the rotary
pyrolysis furnace exceeded 2 rpm, there was sufficient contact between the material and
the furnace wall, which was beneficial to the improvement of heat transfer performance.
Adding heat transfer enhancement materials such as carborundum and white alundum
could improve the heat transfer performance between the pyrolysis furnace and the mate-
rial. Notably, a rotational speed of 3 rpm and carborundum were used as a heat transfer
enhancement material with powdered waste tire particles during the pyrolysis process;
the overall heat transfer coefficient was the highest, which was 16.89 W/(m?-K), and the
proportion of pyrolysis oil products was 46.1%. When spiral fins were installed, the com-
prehensive heat transfer coefficient was increased from 12.78 W/(m?-K) to 16.32 W/(m?K).
The experimental results show that by increasing the speed of the pyrolysis furnace, adding
heat transfer enhancing materials with high thermal conductivity to waste tires, and appro-
priate particle size, the heat transfer performance and pyrolysis rate can be improved, and
energy consumption can be reduced.

Keywords: waste tires; pyrolysis oil; horizontal rotary furnace; heat transfer coefficient

1. Introduction

With the rapid development of domestic transportation and the automotive industry,
waste tire generation has surged. As one of the world’s largest tire producers (contributing
over 30% of global output), China faces pressing challenges in waste tire management—
their non-degradability, polluting incineration, and the country’s rubber resource shortage

Energies 2025, 18, 4028 https://doi.org/10.3390/en18154028
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underscore the urgency of high-value utilization. Globally, approximately 1.5 billion waste
tires are generated yearly, with China as a top producer. These non-biodegradable tires
(due to thermomechanical properties) pose risks: illegal dumping/accumulation may cause
uncontrolled combustion, releasing toxins like polycyclic aromatic hydrocarbons. In China,
underdeveloped collection systems lead to reliance on landfills/incineration, worsening
pollution. Globally, developing nations face backward technologies; developed ones (e.g.,
the EU, 70-90% recycling) still have residual pollution from incineration [1].

Current waste tire disposal has five limited methods: crumb rubber for roads
(toxin leaching), physical-chemical recycling (only for slightly worn tires), incinera-
tion/gasification (pollutant emissions), building fillers (structural risks), and landfills (land
waste, fire risks). Pyrolysis, by contrast, produces gas (fuel after desulfurization), liquid
(C4—Cp4 hydrocarbons including 25 wt.% limonene), and solid (activatable carbon black)
with broad uses. Yet challenges remain: liquid sulfur (1.0-1.75 wt.%), high pretreatment
costs, pyrocondensate’s high unsaturated hydrocarbons (iodine value 67.8 gl, /100 g), and
sulfur (1.59 wt.%) requiring further processing [2]. Pyrolysis stands out among treatment
methods for its small scale, low investment, controllable processes, high-value products
(carbon black, combustible gas, pyrolysis oil), and reduced emissions, making it a focus of
research [3-7].

Tires consist of natural rubber, synthetic rubber, steel wire, carbon black, and additives.
Their pyrolysis involves three key stages: evaporation and decomposition of low-boiling
water and additives at 200 °C; onset of rubber pyrolysis with product generation at 300 °C;
and near-completion of the reaction at 500 °C [8-10]. During this process, aromatics and
saturated hydrocarbons from rubber decomposition undergo cracking (macromolecules
breaking into small molecules to form pyrolysis gas, gasoline, diesel, and heavy-oil frac-
tions), while deep cracking leads to polycyclic aromatic condensation in heavy oil, forming
coke [3,11].

Waste tire pyrolysis is endothermic, with the pyrolysis degree dependent on external
heating and internal heat transfer [12-14]. Influencing factors include reaction conditions
(temperature, heating rate), raw material properties (composition, particle size), and reactor
structure [13]. Kar et al. found a maximum oil yield of 60.02 wt.% in a fixed bed reactor at
a heating rate of 10 °C/min and 425 °C [15]. Galvagno et al. used a pilot-scale rotary kiln
(0.4 m diameter, 3 rpm rotation speed) and reported a maximum oil yield of 38.12 wt.% at
550 °C [16].

However, critical gaps exist in current research. Most studies focus on pyrolysis
processes and products, with little attention to heat transfer performance and its influencing
factors in horizontal rotary furnaces—despite heat transfer directly affecting reaction rate,
energy consumption, product distribution, and the technology’s practical application.

Horizontal rotary furnaces are widely adopted in industry for their adaptability to
raw materials, scalability for continuous operation, and operational flexibility. Yet, their
large-volume cylinders cause uneven heat distribution, low heat transfer efficiency, and
high energy consumption. Compounding this, pyrolysis in such furnaces involves complex
interactions: material mixing, heat/mass transfer between materials and the reactor, and
intricate chemical reactions.

This study addressed these challenges by experimentally analyzing how key factors—
waste tire particle size, furnace rotational speed, heat-transfer-enhancing materials, and
spiral fins on the pyrolysis chamber outer wall—influence material temperature, heat
transfer coefficients, and product distribution. The goal is to identify optimal pyrolysis
conditions and heat transfer enhancement measures, thereby improving heat transfer and
pyrolysis efficiency and boosting the economic value of products.
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The innovation of this article lies in (1) addressing the problems of slow heat transfer
rate and low pyrolysis efficiency during the pyrolysis of waste tires in a horizontal rotary
furnace, with technical measures being determined through experiments to improve heat
transfer performance, thereby accelerating pyrolysis speed and reducing pyrolysis energy
consumption; (2) with the goal of increasing the yield of high-value pyrolysis oil, the
optimal operating parameters for the pyrolysis process of waste tires were determined
through experiments to improve the economy and sustainability of waste tire pyrolysis.
Under the conditions of this experiment, when the particle size of waste tires is 1.0-2.3 cm,
the rotation speed is 1.5 revolutions per minute, and the enhanced heat transfer material
is diamond sand, the yield of pyrolysis oil is the best, and the economy of pyrolysis is
the best.

2. Materials and Methods
2.1. Experimental System

To investigate the heat and mass transfer characteristics and influencing factors during
the pyrolysis process of waste tires in a horizontal rotary furnace, an experimental system
was designed and constructed, as depicted in Figure 1.

a pyrolyzing furnace
oil separation cooler -
- — - Q@ JESSISENNNNPSSES  feedstock
— ! - G—
1l
f i

Pipe heater|® air compressor

(a) Schematic diagram of experimental system

- to ol = pp——
(b) Three dimensional simulation diagram  (c) Physical image of the experimental
of rotary pyrolysis furnace system

Figure 1. Diagram of horizontal pyrolysis experimental device for waste tires.

The length of the pyrolysis furnace is 1.1 m, the inner diameter of the cylinder is
0.414 m, the outer diameter is 0.426 m, and the outer surface area is 1.47 m2.

The system predominantly consisted of a horizontal rotary pyrolysis furnace, pipeline
heater, air compressor, oil separation cooler, temperature measurement system, and pyroly-
sis product collection system. For this experiment, specialized pipeline heating furnaces
and air compressors were employed to provide high-temperature gas, achieving a peak
temperature of 800 °C. The oil-separating cooler was constructed as a double-pipe heat
exchanger, with cooling water circulating through the outer pipe and the volatile gas
generated in the pyrolysis furnace passing through the inner pipe. Upon cooling, the
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gas and oil were efficiently separated. The temperature monitoring system incorporated
wireless temperature sensors, enabling real-time tracking of temperature variation within
the materials in the furnace and the high-temperature air.

In this study, three horizontal heat-resistant stainless steel sleeves were installed in the
pyrolysis chamber, with one horizontal heat-resistant sleeve installed near the bottom of
the pyrolysis chamber to come into contact with the waste tire particle layer throughout the
pyrolysis process. Five K-type thermocouples were arranged on each sleeve to measure the
temperature distribution of different sizes of waste tire particle layers, as shown in Figure 2.
All numbers in the picture are in millimeters.

Unit: mm

(a) Front view of temperature (b) Right side view of

measuring points inside the temperature measuring
horizontal pyrolysis furnace point
cylinder

Figure 2. Schematic diagram of temperature measuring point in the inner cylinder of horizontal
pyrolysis furnace.

2.2. Experimental Materials and Conditions

The waste tires used in this experiment are car tires, which are mainly used for
transportation vehicles such as passenger cars and commercial vehicles. They are the
main type of waste tires. The experiments were carried out on four kinds of particle sizes:
powder, fine, medium, and coarse. The corresponding density and particle size were
presented in Table 1 below.

Table 1. Density and particle size of different particle types.

Particle Type Density (kg/m?) Size (cm)
Powder 414 <0.1
Fine 470 0.3~2.1
Medium 446 1.0~2.3
Coarse 421 2.0~3.0

The experimental conditions were as follows: the hot gas flow rate was 24 m?/h,
the pyrolysis final temperature was 470 °C, the pyrolysis furnace speed n = 1~3 rpm,
the experimental material mass was 10 kg, and the addition amount of heat transfer
enhancement material was 5 kg.

Due to the fact that the waste tires had been crushed into small particles with a
diameter of less than 3 mm before the experiment, and the metal cords were sorted out, the
pyrolysis products did not contain metal cords.
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2.3. Method for Calculating the Heat Transfer Coefficient of a Rotary Furnace

The heat transfer process during the pyrolysis of waste tires in a rotary pyrolysis
furnace consists of three parts: the convection heat transfer between the high-temperature
gas and the outer wall surface of the inner cylinder of rotary pyrolysis furnace, the heat
conduction of the cylinder body in rotary pyrolysis furnace, and the heat transfer between
the inner wall surface of the inner cylinder of rotary pyrolysis furnace and waste tire
particles [16-18].

(1) The convective heat transfer coefficient between the high-temperature gas and the

outer wall of the inner cylinder in a rotary pyrolysis furnace.

The convective heat transfer coefficient oy, \ between high-temperature gas and the
outer wall of the rotary pyrolysis furnace can be calculated by the energy balance calculation
formula as follows:

“aw,/\'Aaw'AT = Q1+ Q2+ Q3+ Qy, (1)
dTr m
— . " 2
Ql M; Cp,r dar ' ( )
- ATsm
QZ — Ms Cp,s 7/ (3)
drT,
Q3 - Mo'cp,o'%/ (4)

where Q; is the heat absorbed by the inner cylinder, W. Q, is the heat taken away by the
material in the inner cylinder, W. Qs is the heat taken away by oil and gas during pyrolysis,
W. Q4 is the various heat losses through the brick masonry of the base of the outer cylinder,
the insulation layer of the outer cylinder, the two end faces of the inner cylinder, the rolling
ring, the gear ring, and the furnace door. It is initially set as 20% of the total energy from
the high-temperature gas, based on experience, W. A,y is the outer wall area of the inner
cylinder of the rotary pyrolysis furnace, m2. t is the pyrolysis time, s. M, is the inner
tube mass of the rotary pyrolysis furnace, kg. Ty, is the average temperature of the inner
cylinder of the rotary pyrolysis furnace, °C. Cp; is the heat capacity of the inner cylinder
of the rotary pyrolysis furnace at constant pressure, J/kg-K. Ms is the mass of waste tire
involved in the pyrolysis reaction, kg. Tsn, is the average temperature of the waste tire
involved in the pyrolysis reaction, °C. Cps is the heat capacity of waste tire material at
constant pressure, J/kg-K. M, is the mass of oil and gas produced by pyrolysis, kg. To m is
the average temperature of oil and gas produced by pyrolysis, °C. Cp o is the heat capacity
of oil and gas produced by pyrolysis at constant pressure, J/kg-K.

(2) Thermal conductivity of the inner cylinder

The inner cylinder is made of 304 steel, and the thermal conductivity is 16.3 W/(m-K)
at 100 °C and 21.5 W/(m-K) at 500 °C. The thermal conductivity kt is calculated by inter-
polation according to the arithmetic average of the temperature of the inner wall and the
outer wall of the inner cylinder.

(3) The apparent heat transfer coefficient between the inner surface of the inner cylinder
of the pyrolysis furnace and the material

The apparent heat transfer coefficient between the inner wall and the material in the
inner cylinder of the rotary pyrolysis furnace is a crucial parameter for describing the
heat transfer efficiency, which is defined as the ratio of the heat transferred through the
inner wall per unit area in a unit time to the temperature difference between the inner
wall and the material. In order to determine the apparent heat transfer coefficient, it is
considered that the pyrolysis chamber is energy balanced, assuming that the total energy
from the wall is transferred to the material bed and absorbed by the material. Given that
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the thermal resistance of waste tire substantially surpasses that of the thermal resistance
of the contact gap between the material bed and the wall, the impact of the contact gap
between the material bed and the wall on the apparent heat transfer coefficient is ignored.
The apparent heat transfer coefficient between the wall and the material is calculated by
the energy balance formula as follows [19]:

‘st,A'Aw,s'(Tw - Ts,m) = Ms‘cp,s‘ —, 5)

where Ays is the contact area between cylinder wall and material bed in the rotary pyrolysis
furnace, which is related to filling degree, m2. T, is the temperature of cylinder wall in the
rotary pyrolysis furnace, °C.

The variation of apparent heat transfer coefficient between the wall and the material
can be obtained according to the temperature distribution data measured in the experiment
over time.

(4) The comprehensive heat transfer coefficient of rotary pyrolysis furnace

After calculating the convection heat transfer coefficient between high-temperature
gas and the outer wall of the inner cylinder of the rotary pyrolysis furnace, the thermal
conductivity coefficient of the cylinder in the rotary pyrolysis furnace, and the apparent
heat transfer coefficient between the inner wall of the inner cylinder of the rotary pyrolysis
furnace and waste tire particles, the comprehensive heat transfer coefficient K of the rotary
pyrolysis furnace was calculated according to the following formula:

1 kiA 1
K=1 /( + ) ©)
D‘aw,/\ 6 Kws, A

where ¢ is the thickness of the inner cylinder of the rotary pyrolysis furnace, m.

3. Results and Discussion

3.1. Effect of Waste Tire Particle Size on Heat Transfer Performance and the Distribution of
Pyrolysis Products

There was a certain impact of particle size on the material temperature distribu-
tion, heat transfer performance, and pyrolysis reaction rate during the pyrolysis process.
Therefore, pyrolysis experiments were carried out using waste tires with particle sizes
of powdered, fine, medium, and coarse, respectively. The temperature changes of the
materials and the composition of the pyrolysis products during the pyrolysis process were
measured, and the influence of tire particle size on heat transfer performance and product
distribution was analyzed.

Figure 3 shows the variation in temperature with time during the pyrolysis process of
waste tires with four particle sizes of powdered, fine, medium, and coarse.

The experimental results showed that the temperature variation trends for waste
tires of different particle sizes during the pyrolysis process were basically the same. The
maximum temperature disparity between material layers of different particle sizes was
noted as 12.1 °C.

In the initial stage (0~2 h), there was little effect of particle size on the temperature
change of the materials, and the heating rate was about 3.01 °C/min. It indicated that the
heating process of the materials at this stage was mainly affected by the overall heating
conditions, rather than the particle size.
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Figure 3. The temperature of waste tires with different particle sizes varies with the pyrolysis time.

Upon reaching an approximate temperature of 340 °C in the material layer, the waste
tires proceed into the pyrolysis stage, and the change rate of temperature begins to exhibit
variations among different particle sizes. Especially in the period from 2.25 to 2.75 h, the
heating rate decreased with decreasing particle size. It was attributed to the fact that
pyrolysis is an endothermic reaction. Smaller particles possess a larger specific surface area,
which enhances the contact with the inner surface of the pyrolysis chamber. It facilitated the
heat transfer effect, enabling the particles to absorb more heat within the same time, and the
pyrolysis reaction rate was faster. However, the majority of the absorbed heat was utilized
for the pyrolysis reaction, which resulted in a relatively low heating rate. In contrast, larger
particles resulted in nonuniform heat transfer; their pyrolysis reaction rate was slower,
less heat was absorbed and mainly used for temperature rise, and their temperature rising
rate was obviously higher than that of small particle tires. When the temperatures of the
material layers of the four types of particles (powdered, fine, medium, and coarse) rose
to 373.1 °C, 371.5 °C, 370.6 °C, and 369.4 °C, the heating rate decreased significantly. It
indicated that the materials began to rapidly pyrolyze, accompanied by significant heat
adsorption, resulting in a marked decrease in the heating rate.

As the pyrolysis progresses, the temperature variations of the material layers with
different sizes gradually became uniform, and the heating rate decreased to approximately
0.56 °C/min. When the temperature of the material layer reached 400 °C, the pyrolysis
reaction basically came to an end. The remaining solid residue mainly consisted of inorganic
substances such as carbon black and fibers, and their particle size effect became negligible.
Notably, the temperatures of tires with different particle sizes were very close, with a
maximum temperature difference of only 3.9 °C.

To intuitively illustrate the heat transfer rate during the pyrolysis process, the mea-
sured temperature distribution data were used to calculate the apparent heat transfer
coefficients of waste tire particles with different particle sizes. The results were shown in
Figure 4.

As can be seen from Figure 4a, the apparent heat transfer coefficients corresponding
to different particle sizes exhibited a bimodal distribution as temperature altered during
the pyrolysis process. In the initial stage, the first peak appeared at approximately 130 °C,
followed by a second peak around 370 °C. When the temperature was higher than 400 °C,
the apparent heat transfer coefficient dropped rapidly to a relatively lower value and
subsequently decreased slowly.
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Figure 4. Heat transfer performance between the inner wall of the pyrolysis furnace and the material
during the pyrolysis of waste tires with different particle sizes.

The main reasons for the above-mentioned phenomenon can be attributed to the
following. In the initial stage of pyrolysis, the waste tire particles retained their original
appearance, and they were not deformed by heat. The gaps between the particles resulted
in poor thermal conductivity, making it difficult to transfer heat to the interior of the
material. Therefore, the external temperature of materials rose quickly, leading to a large
temperature gradient between the interior and exterior. Moreover, given that evaporation
is an endothermic process, the evaporation of water and low-boiling-point additives in
materials requires absorbing substantial heat. Consequently, the heating rate was slow,
leading to an increase in the temperature gradient of the tire. In addition, with the increase
in temperature, more water vapor was generated. The disturbance of water vapor would
strengthen the heat transfer effect, so the apparent heat transfer coefficient increased rapidly,
reaching an extremum at about 130 °C.

As the temperature continued to rise, the waste tires appeared to be partially softened
and agglomerated. The closer contact between the particles resulted in a more uniform
heating, leading to a reduced temperature gradient. Therefore, the apparent heat transfer
coefficient decreased to some extent.

When the temperature of the materials rose to around 340 °C, waste tires began to
undergo pyrolysis reaction. However, the pyrolysis reaction process requires absorbing
a large amount of heat, which increases the temperature gradient inside the materials
and promotes the transfer of heat from the wall surface to the interior of the materials.
Meanwhile, the gas and liquid products generated during the pyrolysis increase the specific
surface area and fluidity of the materials, further improving the heat transfer performance.
In addition, with the increase in temperature, the radiation heat transfer between the surface
of the pyrolysis chamber and the materials was enhanced, resulting in an increase in the
apparent heat transfer coefficient. As the pyrolysis reaction proceeded, the temperature in
the material bed gradually reached a state of equilibrium, and the temperature gradient
stabilized with minimal variation.

When the temperature reached about 400 °C, the pyrolysis process essentially ended.
The majority of the organic substances in the materials had been decomposed, and the
remaining solid residue exhibited poor thermal conductivity, so the apparent heat transfer
coefficient decreased.

Upon analyzing the data from the entire pyrolysis process, the average apparent heat
transfer coefficients corresponding to different particle sizes were obtained, as illustrated
in Figure 4b. It can be seen that the average apparent heat transfer coefficient of fine
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particle waste tires was the largest with 191.55 W/(m?-K), and the average apparent
heat transfer coefficient of powder, medium, and coarse particles was 179.94 W/ (m?-K),
146.91 W/(m?-K), and 172.21 W /(m?-K), respectively.

The main reason for the highest average apparent heat transfer coefficient correspond-
ing to fine particle waste tires is that the average apparent heat transfer coefficient is related
to the contact area between the waste tire particles and the surface inside the pyrolysis
chamber, as well as the contact thermal resistance between the particles. When the quality
of experimental materials is the same, the smaller the particle size, the higher the packing
density of the material layer, and the lower the contact thermal resistance between particles,
which has a positive effect on heat transfer. However, the decrease in particle size reduces
the contact area between the material and the surface inside the pyrolysis chamber, which
has an adverse effect on heat transfer. Under the combined action of these two factors, the
comprehensive heat transfer effect of fine particulate materials reaches its optimum, and
the average apparent heat transfer coefficient reaches its maximum value.

During the pyrolysis process, the comprehensive heat transfer coefficient between the
inner wall of the pyrolysis furnace and the material when using waste tires with different
particle sizes is shown in Figure 5.
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Figure 5. Comprehensive heat transfer performance during pyrolysis of waste tires with different
particle sizes.

The heat transfer coefficient increased slightly in the initial stage of pyrolysis. However,
upon transitioning into the pyrolysis process, the heat transfer coefficient increased rapidly
and reached its maximum value near 380 °C, which corresponded to the temperature
at which the maximum thermogravimetric rate of waste tire occurred. Subsequently, a
significant decrease in the yield of pyrolysis gas was observed due to the deceleration
of the pyrolysis rate, and the comprehensive heat transfer coefficient dropped rapidly as
well. When the pyrolysis temperature exceeded 400 °C, the pyrolysis process basically
completed, with the comprehensive heat transfer coefficient maintaining a low level and
gradually decreasing.

As can be seen from Figure 5b, the average comprehensive heat transfer coefficients
for the four particle sizes were 12.78 W/(m?-K), 11.83 W/(m?K), 11.28 W/(m?-K), and
12.19 W/(m?K), respectively. Contrary to the average apparent heat transfer coefficient, the
average comprehensive heat transfer coefficient of the pyrolysis furnace is the highest when
the waste tire particles are powder. This is mainly because the small particles with lower
mass are more readily carried by the flow in the high-temperature gas. Thus, the degree
of turbulence of the gas was increased, and the mixing and momentum exchange inside
the gas were enhanced. The enhanced turbulence effect can effectively break the thermal
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boundary layer, thereby accelerating the rate of heat transfer. As a result, the convective
heat transfer coefficient was increased, thus increasing the average comprehensive heat
transfer coefficient.

During the pyrolysis of waste tire particles in a horizontal rotary furnace, liquid,
gaseous, and solid products are generated, and the pyrolysis products of tires with different
particle sizes were collected and analyzed, as shown in Figure 6.
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Figure 6. Effect of particle size of waste tire on distribution of pyrolysis products.

The waste tires used in the experiment were relatively clean, and the content of metals,
quartz sand, or white corundum in the carbon black was very low, so other impurities were
not considered when weighing the pyrolysis solid product.

As illustrated in Figure 6, the mass of solid products remaining after the pyrolysis of
tires with different particle sizes was essentially the same, approximately 41%. However,
the proportions of liquid and gaseous products were different. The yield of liquid products
from powdered and medium tire particles was relatively high, reaching 44.7% and 44.1%,
respectively. It might be because smaller particles possess a larger specific surface area,
enabling them to absorb heat more uniformly. Consequently, the pyrolysis reaction was
facilitated to proceed more thoroughly, generating more liquid products. In particular,
powdered particles experienced a more uniform heating process, and their pyrolysis process
reached thermal equilibrium rapidly. It prevented secondary cracking of liquid products
caused by local overheating, consequently resulting in a higher yield of liquid products [20].

For fine and coarse particles of waste tires, the yields of liquid products were low
(39.8% and 40.3%), and gaseous products were relatively high (19.2% and 18.8%, respec-
tively), but the reasons were different. Fine particles, with a relatively broad size range,
nonuniform particle sizes, and high bulk density, lead to significant local overheating.
As a result, liquid products were further decomposed into gaseous products under high
temperature conditions. For coarse particles, the low bulk density with high porosity
resulted in poor heat transfer performance, which led to a significant temperature gradient.
Owing to the low thermal conduction efficiency, the pyrolysis reaction was incomplete;
some of the raw materials failed to be fully converted into liquid products and instead
directly volatilized into gaseous substances, leading to an increase in the proportion of
gaseous products [21,22].

Under the same final pyrolysis temperature, the yield of pyrolysis oil is mainly related
to the heating rate of waste tires. The key factors affecting the heating rate include particle
size, contact heat transfer between particles, and heat transfer process between particles
and the surface inside the pyrolysis chamber. According to the experimental results of this
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article, it is possible that the heating rates of powdered particles and medium particles
in the pyrolysis chamber are relatively high and close, so the pyrolysis oil yield is also
relatively close.

3.2. Effect of Rotational Speed on Heat Transfer Performance and the Distribution of Pyrolysis Products

The rotational speed of the rotary pyrolysis furnace can affect the pyrolysis efficiency
of waste tires and thus influence the degree of pyrolysis. Therefore, we explored the
variation of the average temperature of the materials in the pyrolysis chamber over time at
different rotational speeds, as shown in Figure 7.
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Figure 7. The temperature of waste tires with different pyrolysis furnace speeds.

From Figure 7, the temperature variation trends of waste tires in the pyrolysis chamber
were basically consistent at different speeds. Within 2.25 h after the beginning of heating,
the rotational speed had almost no effect on the temperature of the materials. After that,
the influence of the rotational speed gradually appeared. When the temperature of the
material layer rose to around 340 °C, the waste tires began to pyrolyze, which was an
endothermic reaction. The heating rate decreased, and the influence of the rotational speed
on the temperature of the materials appeared different. Within the 2.25 to 2.75 h, the
temperature of the materials corresponding to a higher rotational speed was slightly lower
than that of a lower rotational speed, with a maximum temperature difference of 16.2 °C. It
was because as the rotational speed increased, the contact between the materials and the
pyrolysis chamber wall became more sufficient. More heat was transferred from the outside
of the pyrolysis chamber, and the temperature distribution within the materials was more
uniform. The materials absorbed more heat during the pyrolysis reaction, resulting in a
slower increase in the materials’ temperature.

When the temperature of the material layer reached 400 °C, the pyrolysis reaction was
almost finished. The fewer remaining components, the less the influence of the rotational
speed on the temperature of the materials, which gradually becomes consistent.

To illustrate the influence of the rotational speed of the pyrolysis furnace on heat
transfer performance, the apparent heat transfer coefficients between the inner wall of the
inner cylinder of the rotary pyrolysis furnace and the material at the rotational speeds of
1rpm, 1.5 rpm, 2 rpm, and 3 rpm were calculated, respectively, as shown in Figure 8.
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Figure 8. Heat transfer performance between the inner wall of the inner cylinder and the material in
the pyrolysis furnace at different speeds.

As can be seen from Figure 8a, the apparent heat transfer coefficient between the
pyrolysis furnace and the materials at different stages presented different trends during the
pyrolysis process. At the beginning, it was increased with the rise of temperature, reached
a maximum value at 135 °C, and then decreased, entering a plateau period. When the
temperature reached 340 °C, there was a notable increase in the apparent heat transfer
coefficient with the increase in temperature. It subsequently reached a maximum value at
370 °C, before undergoing a decrease.

As shown in Figure 8b, the apparent heat transfer coefficients at the four rotational
speeds of 1 rpm, 1.5 rpm, 2 rpm, and 3 rpm were 162.91 W/(mz-K), 176.94 W/(m2~K),
179.66 W/ (m?-K), and 179.94 W /(m?K), respectively. As the rotational speed increased,
the heat transfer coefficient also increased. When the rotational speed increased to 2 rpm,
the heat transfer coefficient almost no longer changed. The increased rotational speed
ensured a more sufficient contact between the materials and the chamber wall, enabling
the apparent heat transfer coefficient between the inner wall of the pyrolysis furnace and
the materials to reach a relatively higher value [23,24].

The instantaneous comprehensive heat transfer coefficient of the horizontal rotary
pyrolysis furnace and temperature, as well as the average comprehensive heat transfer
coefficient, when the rotational speeds of the horizontal rotary pyrolysis furnace were
1 rpm, 1.5 rpm, 2 rpm, and 3 rpm, respectively, are shown in Figure 9.
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Figure 9. Comprehensive heat transfer performance of pyrolysis furnaces at different rotational speeds.
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As shown in Figure 9a, the variation trends of the instantaneous comprehensive heat
transfer coefficient at different rotational speeds with temperature during the pyrolysis
process exhibited almost unanimously, all presenting a bimodal pattern. The first peak
appeared at about 180 °C, followed by a second peak at around 370 °C. Thereafter, a
dramatic decrease was observed after 400 °C, eventually leading to a slow change. The
main factor contributing to this transformation was the evaporation of water in the initial
and the accelerated pyrolysis occurring in the subsequent stage.

For Figure 9b, the average comprehensive heat transfer coefficients of the rotary
pyrolysis furnace with the rotational speeds of 1 rpm, 1.5 rpm, 2 rpm, and 3 rpm were
10.31 W/(m?:K), 10.96 W/(m?-K), 12.71 W/(m?-K), and 12.78 W/(m?-K), respectively.
It indicated that the average comprehensive heat transfer coefficient increased as the
rotational speed increased accordingly. The acceleration of the rotational speed resulted
in an increase in both the frequency and intensity of the materials being agitated in the
pyrolysis furnace. The contact between the materials became more sufficient, and there were
more heat transfer paths, enabling heat to be transferred more easily within the materials.
A higher rotational speed made the gas boundary layer on the surface of the materials
thinner, reducing the resistance to heat transfer. Thus, the heat exchange between the
high-temperature gas and the materials became easier, and the heat transfer performance
was enhanced.

In order to analyze the influence of the rotational speed of the horizontal pyrolysis
furnace on the distribution of pyrolysis products, the mass of solid, liquid, and gaseous
products during the pyrolysis of waste tires at different rotational speeds was collected and
analyzed. The results were shown in Figure 10.
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Figure 10. Effect of pyrolysis furnace rotation speed on the distribution of pyrolysis products.

As depicted in Figure 10, the mass of solid products remained relatively consistent at
different rotational speeds, with the maximum relative deviation being only 4.1%. When
the rotational speed exceeded 1.5 rpm, there was a slight increase in liquid products and
a corresponding decrease in gaseous products. This phenomenon can be attributed to
the higher rotational speeds, which reduced the residence time of pyrolysis oil in the
high-temperature environment, thereby inhibiting further pyrolysis into gaseous products.
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3.3. Effect of Heat Transfer Enhancement Materials on Heat Transfer Performance and the
Distribution of Pyrolysis Products

To further enhance the heat transfer efficiency during the pyrolysis process, three
materials, including carborundum, quartz sand, or white alundum, were chosen as en-
hanced heat transfer materials incorporated into waste tires. The variation of the material
temperature over time is shown in Figure 11.
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Figure 11. The temperature of waste tires over time when adding different enhanced heat trans-
fer materials.

As illustrated in Figure 11, the temperature of waste tires mixed with different en-
hanced heat transfer materials showed a trend of rapid increase at the beginning, followed
by a slower increase. In the first 2 h of the pyrolysis process, prior to the commencement
of the pyrolysis reaction, the heating rate of waste tires alone and those with different
materials added was around 3.0 °C/min. When the pyrolysis reaction began, the heating
rate for mixtures containing heat transfer enhancement materials and waste tires decreased
slightly. It was attributed to the enhanced heat transfer materials that improve the heat
transfer efficiency, which was beneficial for waste tires to absorb heat for the pyrolysis
reaction. When the temperature reached approximately 370 °C, the pyrolysis reaction
became vigorous and required substantial heat adsorption, resulting in a marked decrease
in the heating rate.

According to the measured material temperature, the apparent heat transfer coefficient
between the material and the inner surface of the pyrolysis furnace after adding different
enhanced heat transfer materials can be obtained through calculation, as depicted in
Figure 12.

As can be seen from Figure 12a, it was evident that the variation trends of the apparent
heat transfer coefficients of waste tires alone and mixtures with enhanced heat transfer
materials were fundamentally identical, both showing a bimodal pattern. During the
pyrolysis process, the first peak appeared at around 130 °C in the initial stage, and the
second peak occurred at about 370 °C.

By analyzing the instantaneous apparent heat transfer coefficient in Figure 12a, the
average apparent heat transfer coefficients for the pyrolysis of waste tire alone and mixtures
with carborundum, quartz sand, and white alundum were determined, respectively. As
shown in Figure 12b, the values were 179.94 W/(m?-K), 205.68 W/(m?-K), 169.35 W/(m?K),
and 202.33 W/(m?K), respectively.
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Figure 12. Heat transfer performance between the inner wall of the pyrolysis furnace and materials
with different heat transfer enhancement materials.

The heat transfer performance can be significantly enhanced after incorporating car-
borundum and white alundum, while the effect of quartz sand was not obvious. The main
reasons were as follows. On the one hand, the thermal conductivity of carborundum is
135.6 W/(m-K), and that of white alundum is 20~30 W /(m:-K), which are both significantly
higher than that of quartz sand, which is 1~10 W/(m-K). Materials with high thermal
conductivity establish more efficient heat conduction paths within the material, enabling
faster heat transfer and improving heat transfer efficiency during the thermal exchange
process. On the other hand, the coefficient of thermal expansion also significantly influ-
enced the heat transfer efficiency. The coefficients of thermal expansion of carborundum,
white alundum, and quartz sand are 4~5 x 10=%/°C, 8~9 x 10=¢/°C, and 5.5 x 10~7/°C,
respectively. Appropriate expansion enhanced the contact area and tightness between the
enhanced heat transfer materials and the surrounding medium (such as pyrolysis gas or
heated materials), facilitating the heat transfer [25-32].

Additionally, the heat transfer performance was also influenced by the density of
enhanced heat transfer materials. During the process of heat conduction, heat was trans-
ferred through the vibration of atoms and molecules or the movement of free electrons.
The densities of carborundum, white alundum, and quartz sand are 3.06~3.20 g/ cm3,
3.95~4.00 g/cm?, and 2.65 g/cm3, respectively. Materials with higher density typically
feature more closely packed atoms or molecules, forming a tightly connected “heat transfer
chain” that enables more efficient heat transfer within the material.

The comprehensive heat transfer coefficients after adding three enhanced heat transfer
materials of carborundum, quartz sand, and white alundum are shown in Figure 13.

It can be observed that the comprehensive heat transfer coefficients for the pyrolysis of
waste tires alone and with the addition of carborundum, quartz sand, and white alundum
were 12.78 W/(m?K), 13.53 W/(m?-K), 12.69 W/(m?-K), and 13.20 W /(m?-K), respectively.
Among them, carborundum exhibited the best heat transfer enhancement effect, followed
by white alundum, with quartz sand being the least effective.

Compared with the particle size of waste tires and the rotation speed of the pyrolysis
furnace, the enhanced heat transfer materials with the most significant impact on heat transfer
performance could effectively improve pyrolysis efficiency and reduce energy consumption.
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Figure 13. Comprehensive heat transfer performance after adding different enhanced heat trans-
fer materials.

The mass of solid, liquid, and gaseous products of waste tire pyrolysis after mixing
with different enhanced heat transfer materials was collected and analyzed. The distribu-
tion of pyrolysis products is shown in Figure 14.
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Figure 14. Effect of enhanced heat transfer materials on the distribution of pyrolysis products.

The results indicated that adding enhanced heat transfer materials had minimal impact
on the solid products in the pyrolysis products, maintaining it at approximately 41%. After
adding carborundum and quartz sand, the proportion of liquid products increased from
44.7% to 46.1% and 45.2%, respectively, while the proportion of gaseous products decreased
from 14.3% to 12.3% and 13.3%. In contrast, adding white alundum had little effect on
the liquid product fraction but slightly reduced the gaseous product fraction from 14.3%
to 13.3%.

3.4. Effect of Installing Spiral Fins on Heat Transfer Performance

Owing to the superior heat transfer performance and space-saving characteristics,
spiral finned tubes were prevalently employed in heat exchange equipment. To enhance
heat transfer efficiency, spiral fins were installed in this study, and the variation trends of
material temperature with time were monitored, as shown in Figure 15.
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Figure 15. The temperature of waste tires over time when installing spiral fins.

As can be seen from Figure 15, the general trend of material temperature variation
during the pyrolysis process of waste tires remained consistent before and after installation
of spiral fins on the outer wall of the inner cylinder. The maximum temperature difference
of the material layer after pyrolysis, before and after installing spiral fins on the outer wall
of the inner cylinder, was 11.2 °C. The results showed that the influence of spiral fins on
the final temperature of the material layer was limited.

The apparent heat transfer coefficients between the materials and the inner surface of
the pyrolysis furnace, before and after installing spiral fins, were calculated based on the
measured material temperatures, as shown in Figure 16.

a 52450 before modification b Q 250
b;; 400 1 after installing spiral fin 0;': 204.06
_ 5 350] 220 179.94
% 5300- g g
£ 5250 b B
g £ s %
2 2200 o
23 £ S 100
5 1501 Q8
& 2%
g 1001 g 50
50 5
0 . . " : =0
0 100 200 300 400 500 before modification after installing spiral fin
Temperature/°C
(a) Variation of apparent heat transfer (b) Average apparent heat transfer
coefficient with temperature coefficient

Figure 16. The apparent heat transfer coefficient between the inner wall of the inner.

After installing spiral fins on the outer wall of the inner cylinder of the rotary pyrolysis
furnace, the maximum value of the apparent heat transfer coefficient in the water evapora-
tion stage was higher than that before the modification. Subsequently, it decreased as the
temperature increased, with a sharp decline observed at 370 °C. As shown in Figure 16b,
the average apparent heat transfer coefficients before and after the modification were
179.94 W/(m?-K) and 204.06 W/ (m?-K), with an increase of 13.60%, demonstrating that
installation of spiral fins on the outer wall of the inner cylinder can significantly enhance
heat transfer.
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The comprehensive heat transfer coefficients before and after installation of spiral fins

are shown in Figure 17.
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Figure 17. Comprehensive heat transfer performance of the rotary pyrolysis furnace before and

after modification.

4. Conclusions

In this study, the effects of tire particle size, rotary furnace rotation speed, addition

of enhanced heat transfer materials, installation of spiral fins on the transfer performance,

and distribution of pyrolysis products were investigated experimentally, and the following

conclusions were drawn:

)

@)

®)

@)

®)

During the process of waste tire pyrolysis, the use of powder particles ensured
uniform heating, achieving the maximum comprehensive heat transfer coefficient
of 12.78 W/(m?-K) and the highest liquid products of 44.7%. However, the fine
particles resulted in localized overheating, leading to deeper cracking and increased
gaseous products.

At a rotational speed of 3 rpm for the rotary pyrolysis furnace, there was sufficient
contact between material and kiln wall, achieving the maximum comprehensive heat
transfer coefficient 12.78 W/(m?-K). The liquid product proportion was highest at
rotational speeds of 1.5 rpm and 3 rpm, accounting for 45.0% and 44.7%, respectively.
Adding carborundum or white alundum was beneficial for improving the heat transfer
performance and heat transfer uniformity during the pyrolysis process, enhancing
the pyrolysis efficiency, and reducing energy consumption, with comprehensive heat
transfer coefficients of 13.53 W/(m?-K) and 13.20 W/ (m?-K). Among them, there was
a positive effect on the enhancement of the proportion of liquid product by adding
carborundum, which increased to 46.1%.

Compared with the unmodified pyrolysis chamber, the heat transfer enhancement
effect was very obvious after the installation of spiral fins, and the comprehensive heat
transfer coefficient was increased by 27.7% from 12.78 W/(m?K) to 16.32 W /(m?K).
The operating parameters with the best heat transfer performance and the highest
pyrolysis oil yield were obtained through this study, but these conclusions were
obtained on small-scale experimental equipment and need to be verified through
engineering practice before they can be promoted and applied.
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Abstract

Improving the pool boiling heat transfer by changing the properties of the heating sur-
face has been experimentally studied by many researchers. In this paper, two novel
microstructured surfaces with open channels were simulated and investigated. The two
microstructured surfaces had different cavity positions and different groove widths of open
channels. At the same time, a pool boiling experiment on the plain-heated surface was
carried out to verify the reliability and accuracy of the CFD model. The results showed
the relationship between the heat flux and wall superheat. Moreover, the bubble dynamic
behaviors of different surfaces were obtained. It was found that both microstructured
surfaces could enhance the pool boiling heat transfer coefficient (HTC) and critical heat flux
(CHF). Enlarging the length of the groove gap can not only increase the heat transfer area,
but also increase the bubble nucleation rate. However, constantly increasing the groove
width will cause the horizontal coalescence of bubbles on the heating surface at low heat
flux. When the negative effect of bubble coalescence is higher than the enhancement effect,
the boiling heat transfer capacity of the heating surface will decrease unless the heat flux is
high enough to delay bubble coalescence.

Keywords: open-channel microstructured surface; CFD simulation; bubble departure
frequency and diameter; heat transfer coefficient; critical heat flux

1. Introduction

The miniaturization trend of mechanical and electronic components is the driving
force behind the widespread attention to compact passive phase change heat transfer,
which aims to obtain better HTC in smaller heated surfaces and effectively prevent the
equipment from exceeding the CHF at the same time. Pool boiling is the preferred method
to meet this requirement. Many researchers have studied how to improve the pool boiling
heat transfer performance including changing the properties of the working medium [1],
adding nanoparticles [2], machining the heating surface [3], and so on. With the advance-
ment of high-power electronics and special scenarios (e.g., space exploration, natural gas
liquefaction), pool boiling heat transfer has become crucial for thermal management, and
novel microstructured heated surfaces (micro/nano composite gradient porous, micropil-
lar arrays, grooved/spline-patterned) have significantly enhanced its performance by
optimizing the vapor-liquid dynamics [4-6].

However, the conclusions of these methods in the experiment are not uniform, and
there is still some dispute regarding the effectiveness of these methods in improving the
heat performance of pool boiling. Among them, the microstructure surface can not only
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analyze the pool boiling heat transfer performance from the perspective of heat transfer,
but also reveal some heat transfer laws from the perspective of bubble dynamics. Therefore,
it is an effective means to achieve the goal of enhanced heat transfer, whether from the
study of the microstructure or macro phenomena.

Mehralizadeh et al. [7] regarded three methods to improve the boiling heat transfer
by changing the heating surface: (1) the surface textures, (2) surface characteristics, and
(3) surface structures. The modification of these parts had a significant effect on the bubble
dynamics, HTC, and CHF in the evaluation of the boiling process. Since first reported
in the study by Nakayama et al. [8-10], open micro-channel surfaces have better heat
transfer performance. A large number of existing studies in the broader literature have
examined microstructured heated surfaces. Kim et al. [11] designed a set of experiments on
microstructured heated surfaces where the experimental results showed that the HTC and
CHEF of the microstructure surface were not only higher than that of the smooth surface,
but were also closely related to the gap size of the microstructure. The smaller gap size
improved the heating surface roughness, which improved the surface capillary wicking
rate. The experimental data of Chu et al. [12] also supported this view. It is considered that
the roughness of the modified heating surface and the amplification of capillary force are
the reasons for the enhancement of CHF on the microstructure surface

Zhang et al. [13] conducted a series of boiling experiments using an alumina sponge-
like nanoporous surface as the heated surface. The results showed that the heat transfer
effect was significantly enhanced due to the significant increase in active nucleation sites.
Dong et al. [14] conducted experiments on horizontal heated surfaces with microstructures
and found that the microstructure surface had a higher HTC, especially the microstructure
with a smaller size. The large-size microstructure surface could only increase the heating
surface area to improve the HTC, while the small-size microstructure could significantly
increase the density of the bubble nucleation center. Mitrovic et al. [15] developed a
cylindrically shaped type of microstructure and used it in pool boiling experiments with the
refrigerant R141b at atmospheric pressure. They also concluded that the bubble nucleation
density on the surface of microstructure increased significantly. Kong et al. [16] used six
different kinds of micro-pin-finned surfaces for experiments. The results showed that the
CHEF of the microstructure surface could reach 120% of that of the smooth surface. This
is because the micro-pin-finned region could not only form a large number of nucleation
points, but also the growth, aggregation, and merging of bubbles were more active.

On the other hand, in addition to using pin-fin surfaces, Bian et al. [17] also used
grooves and cubed microstructure surfaces for experimental research. The experimental
results showed that the microstructure surface of grooves and cubes was obviously helpful
for heat transfer enhancement. However, compared with the smooth plane, the effect of
pin-fin surfaces on improving thermal efficiency was not ideal.

The last decades have seen a growing interest trend toward open channels embed-
ded on heated surfaces. Kandlikar et al. [18-20] conducted a series of tests using open
microchannel surfaces and believed that this efficient surface allows the liquid to quickly
fill the nucleation positions of bubbles to enhance heat transfer. At the same time, the
study found that surfaces with deeper and wider microchannels showed the best effect on
enhancing heat transfer. Das et al. [21,22] also used several structural surfaces with different
open channels to explore their enhancement effect on boiling heat transfer. Nucleate boiling
heat transfer was found to be much more apparently augmented because the open channel
provided more discrete bubble nucleation sites for the heated surface than the increase in
the heated surface area. However, the research results of Kim et al. [23] showed that the
CHEF of the microstructure is determined by both the bubble separation frequency and the
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rewetting ability of the heated surface. The increase in surface liquid flow resistance caused
by microstructure could degrade the value of CHE.

Several kinds of research have been proposed for microstructured surfaces, some
focusing on the enhancement of HTC, and others on CHF values. Although the reasons for
the change in boiling heat transfer characteristics caused by the microstructure surface are
different in the literature, it is certain that they are related to the change in bubble dynamics.
Furthermore, how specific microstructural parameters, such as cavity positions and the
groove widths of open channels, quantitatively affect pool boiling heat transfer has not
been clearly clarified, making it difficult to guide the precise design of high-performance
heating surfaces. This study therefore focused on these parameters to reveal their intrinsic
influence mechanisms, aiming to offer practical references for improving the efficiency of
pool boiling systems.

As organizing and characterizing the boiling performances and bubble dynamics
reflected on the various micro-scale structured surface were of interest, simple simulations
and analysis were introduced in this study. Based on the CFD method, the two-dimensional
simulation of the microstructure heating surface was carried out by using the commercial
software FLUENT to clearly show the boiling performance and bubble dynamics. Two
novel types of open-channel microstructure heated surfaces had different positions of
easily nucleated points. At the same time, by changing the groove width of the open
channel, the main influence of the bubble dynamics affecting the boiling performance on
the microstructured surfaces was studied. Furthermore, the pool boiling experiment was
conducted to validate the simulation results, and the bubble dynamic behaviors on the
smooth surface were observed using a high-speed experimental system.

2. Simulation Model

In the present study, a square liquid area was conducted to investigate pool boiling
on a microstructured surface, as shown in Figure 1. Surface 1 and surface 2 had the same
heating area but different nucleation sites. However, the different lengths of the groove
width will change the heating area. In the process of the numerical simulation, water was
used as the boiling working medium. The boiling process involves two phases: liquid water
and water vapor. It was assumed that liquid water and water vapor are incompressible
fluids with constant physical properties under saturation temperature and pressure. The
open channels with two different structures were evenly distributed on the surface of the
heating surface, the hydrophilicity and hydrophobicity of the whole wall were consistent,
and it was assumed that the physical parameters did not change with temperature. The
parameters of the microstructure are listed in Table 1. The groove was set as the groove
length, which was the only variable.

Table 1. Parameters of the microstructured open channels.

Items Category Groove Length

300 pm
Case 1l Surface 1 500 um
700 um
300 pm
Case 2 Surface 2 500 pm
700 um
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Figure 1. Macroscale model of the computational domain.

2.1. Governing Equation and Multi-Phase Flow Model

The VOF model was used to simulate the multi-phase pool boiling process. Stud-
ies using VOF to simulate phase transition are well-documented [24-26]; it is also well-
acknowledged that VOF makes the calculation of phase transition easier by defining the
motion of all phases and tracking the position of interfaces accordingly. The fluid volume
fraction in the mesh is defined as &;, so the specific phase of the control volume can be
defined easily by a;.

x; =0 Vapor
O<ay <1 Mixture (1)
ap =1 Water

The relevant conservation equations of mass, momentum, and energy with the source
terms are as follows [27]:
Continuity equation:

d
@(“Z p;)+V- (0‘1 0 ;‘)) =Sm )

where p; and u are the density and velocity of the primary phase (liquid phase), respectively,
and the volume fraction for the secondary phase (v) can be calculated using Equation (3).
Sy is the mass source term that can be chosen as the Lee model in FLUENT, which
is used to transport the mass from one phase to another during the evaporation and
condensation processes.

oo, =1 3)

Momentum equation:

9 ™ 2
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where p and y represent the density and viscosity of the mixture, respectively, and ¢ is the
surface tension coefficient. The thermophysical properties (density, viscosity, and surface
tension) of deionized water are temperature-dependent in the simulation. This dependency
is realized through a UDF coupled with the heat transfer source term. Sr is the continuum
surface force (CSF) acting on the interface between two phases and is used in FLUENT as
implicit body force. According to the VOF model, the value of p and y only depend on the
volume fraction of the phase via the following equations:

P =P+ opo 5)
p= oy + ol Q)
Energy equation:
9
ﬁ(pE)ﬁ-V-[;(pE—i—p)} = V- (ks VT) + S @)

where E (energy), ks (thermal conductivity), and T (temperature) are the average variables:

kepr = arky + aoky 8

Y aipiCp,
E=—"—"— "2 (T-T, 9
Z?:l i ( sat) ( )

where C; is the specific heat of the phase. S is the energy source term, which can be
calculated from the mass source term.

The numerical simulation was operated under atmosphere pressure. Next, we as-
sumed that the heat transfer applied from the heated surface was only used for the vapor
generation, and all of the walls were adiabatic conditions except the heated wall. The
numerical model settings and parameters are listed in Table 2.

Table 2. Numerical simulation parameters.

Elements Setting Elements Setting
Model 2D Transient Mass transfer Evap oratlo?ige(;ndensatlon
Multi-phase model VOF Pressure-velocity coupling Simple
Surface tension force 0.059 Pressure PRESTO!
Viscous model Laminar Momentum and energy Second Order Upwind

2.2. Grid Independence Test

In order to ensure the precision of the model and verify the reliability, three different
accuracies were used to obtain the calculation results of different grids under the same
working conditions to test the independence of the grid. Under the boundary condition of
10 kW/m? heat flux, the grid test was carried out on the smooth plane, Surface 1, with a
500 pm groove width, and Surface 2 with a 500 um groove width. The results are listed
in Table 3. It was found that the differences among the wall superheat under different grid
numbers were not greater than 3%. Therefore, the grid systems with numbers 161,036,
165,257, and 167,680 were adopted for computation.
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Table 3. Grid independence test.

Heat Flux . Wall Grid Wall
(kW/m?) Items Grid Number Spacing (um) Superheat
43,552 100 4.88
Smooth plane 161,036 80 49
638,159 50 4.85
41,860 100 3.89
10 Surface 1 165,257 80 4.01
653,106 50 3.92
42,133 100 41
Surface 2 167,680 80 4.15
668,232 50 4.07

3. Experiment Setup
3.1. Experimental Description and Uncertainty

In order to further verify the accuracy of the simulation, a set of pool boiling experi-
mental equipment, as shown in Figure 2, was used to collect the pool boiling experimental
data of the smooth plane. The experimental setup consisted of four main parts: power
control system, working fluid boiling system, data acquisition system, and heating copper
column device. The power control system included an AC power supply. The input heat
load controlled by the voltage regulator passes through the voltage regulator and the input
value is clearly displayed on the power meter. After heating, the data acquisition system
collects the relevant experimental data. The real-time temperature data displayed by the
temperature sensor through the digital display controller are recorded by the computer.
At the same time, the dynamic changes of bubbles during boiling are recorded by the
high-speed camera. The working fluid boiling system was composed of a 10 x 10 x 10 cm®
square container made of high borosilicate glass, and the glass reflection cover above
the container was connected with a condensation pipe, a preheating heating rod, and a
temperature sensor. The dimensions of the heating rod are shown in Figure 3. Observa-
tion ports were reserved on both sides of the container, and under the container was a
2 x 2 cm? smooth heated plane, which was also the top of the red copper heating column.
In addition, the whole device was wrapped with thermal insulation materials, and Teflon
plates were installed at the connection with the boiling vessel to increase the sealing and
thermal insulation.

The uncertainty in this study was mainly caused by thermocouples with an accuracy
of 0.1 K. This negligible change in the data acquisition system used was considered as
no uncertainty. The uncertainty of the nucleate pool boiling heat transfer coefficient is
calculated as [28]:

Ah Aq)2 ( ATw )2 ( ATsgt )2
=—=1\|=) + |77 ) + |7 10
h \/( q TW - Tsat TW - Tsat ( )

The maximum uncertainty in the boiling heat transfer coefficient in this research was
in the range of 3.7-8.6%.

26



Energies 2025, 18, 4830

Condenser
Vo .
@ :
l Digital Display Controller
Digital Power Meter
[ ] ®
86833
Data Acquisition
]
Teflon Camera
[} °

[ Ny S S

[ ]

m,-_ﬂ-,x ‘ }.’hh'z‘ & o (0} O
o o5
AC Voltage Regulator AC Voltage Stabilizer AC Power Supply

Figure 2. Experimental apparatus.

2 30mm

Figure 3. The heating copper column device.

3.2. Simulation Validation

In addition, the simulation and experimental results of the plain surface were
compared with the Rohsenow curve in Figure 4, which was plotted with Rohsenow’s
equation [29]. It can be seen from the graph that the simulation results were in good agree-
ment with the experimental data and Rohsenow curve, which proves the accuracy and
reliability of the research method in this paper. Figure 5 showed the differences between
experimental and simulation boiling curves for plan and microstructured surfaces.
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Figure 4. Validation of the simulation results with the experimental results and Rohsenow curve.
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Figure 5. Validation of the simulation results with the experimental results for the microstructured

surfaces.

4. Results and Discussion

4.1. Pool Boiling Characteristics

In order to study the effect of the microstructure surface on the boiling performance, a

pool boiling simulation was carried out on microstructure heated surfaces with different

structures under the same boundary conditions. These results were then compared with

the smooth heated surface. Moreover, the groove width of the open channel was changed to

further explore the influence of the microstructure on the bubble dynamics during boiling.
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Figure 6 shows the pool boiling curve related to the heat flux and wall superheat to
characterize the boiling heat transfer performance of the heated surface. From the figure,
it can be concluded that the superheat of all microstructure surfaces was lower than that
of the smooth surfaces under the same heat flux. This is because microstructures expand
the heat area, reduce the nucleation energy, and boost liquid replenishment via capillarity.
Especially at high heat flux, the enhancement of nucleate boiling in the microstructure
surface was more obvious than that on the smooth plain surface. The microstructure
surfaces could dissipate more heat than the plain surface for the same superheat. This
is why the microstructured surfaces also had a higher CHE. When AT approached 25 K
(Figure 6), q growth slowed as the surfaces entered late nucleate boiling—smooth surfaces
lacked liquid replenishment, while microstructured ones faced a reduced effective area,
though still outperformed the smooth surfaces.

650
600 -
550
500
450 -

400

& ]

E 350 -

E o

< 300 4

T 950 -
200 -
150 -

100 - —a— Plain Surface
4 Case 2:—4— Length=300 um —— Length=500 L m —A— Length=700 1 m
50 =

Case 1:—®— Length=300 1 m —@— Length=500 L m —®— Length=700 um

0 - 1 = 1 ' 1 £ 1 4 1
5 10 15 20 25
AT (K)

Figure 6. Pool boiling curve (heat flux versus wall superheat).

The HTC curve in Figure 7 showed the same boiling characteristics, which further con-
firmed the improvement effect of the microstructured surface on heat transfer performance.
It can be seen from the figure that the boiling curve trend of each microstructured surface is
complex. In general, the improvement in the nucleate boiling heat transfer performance on
the heating surface of the open channel with the 500 pm groove width was stronger than
that with 700 um. The 500 pm grooves balanced nucleation promotion and coalescence sup-
pression, while the 700 um ones caused excessive merging, lowering the HTC. With regard
to the microstructured surfaces with the same groove width, surface 1 had a better heat
transfer improvement effect than surface 2 under the 500 pm length, and this improvement
was consistent with the change in heat load. However, the promotion advantage of the two
microstructure surfaces to HTC varied with the change in heat flux when the groove width
was 300 um or 700 um. Figures 6 and 7 are linear because q is roughly proportional to AT
in the narrow nucleate boiling range, thus HTC stays nearly constant.
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Figure 7. Pool boiling curve (heat transfer coefficient versus wall superheat).

Therefore, the enhancement of heat transfer affected by the microstructured surface
cannot simply be attributed to the expansion of the heat transfer area. Especially with
the rise in heat flux, the heat transfer difference between various heated surfaces sharply
increases. The change in bubble behaviors on the plain surface under different heat fluxes
is shown in Figure 8, which was photographed by a high-speed camera. It can be seen from
the figure that the change in heat flux had a significant impact on the bubble dynamics
of the heated surface. With the increase in heat flux, the heated surface had a lot more
bubble nucleation points, a smaller bubble diameter, and faster separation frequency. The
results of the plain surface boiling experiments showed that the key factor influencing
the enhancement effect of pool boiling may be the change in bubble dynamics on the
heated surface.

(a) 25 KW/m? (b) 75 KW/m?

Figure 8. Boiling experiment on the plain surface.

4.2. Bubble Nucleation and Growth

Figure 9 shows the bubble behavior of grooves with different widths on surface 1
during nucleate boiling. As can be seen from Figure 8, the number of bubble nucleation
points increased linearly with the increase in length. This is because the increase in
groove length increases the heat transfer area. When boiling occurs, there are more single
nucleation points of bubbles. However, it is not simply that the more nucleation points, the
better the heat transfer effect.
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Figure 9. 2D view of bubble behaviors on surface 1 with different groove lengths.

When the length increased from 300 um to 500 pum, the bubble density increased
significantly, while when the length continued to increase to 700 pm, the bubble density
decreased. It can be found that when the length was 300 pum, although the microstructured
surface generated more nucleation sites compared with the plain, the bubbles in the upper
half of the groove hindered the generation of bubbles at the bottom due to the narrow gap
of the grooves. When the length increased to 500 um, the number of bubble nucleation
points further increased. At the same time, the disturbance between bubbles was decreased,
which introduced the frequency of bubble departure acceleration. Therefore, the bubble
density was higher and the HTC was better.

However, when the length further increased to 700 um, the bubbles began to gather
laterally due to the large space and formed with a larger diameter before the departure.
Therefore, the bubble separation frequency became slower, the bubble diameter became larger,
and the heat transfer effect became weaker. The heat transfer effect would then be enhanced
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when the buoyancy of bubbles is large enough at a higher heat flux to reduce the transverse
aggregation of bubbles. This also verifies the boiling curve results shown in Figures 6 and 7.
In theory, surface 2 has more cavities to produce more bubble nucleation points compared
with surface 1. However, it can be seen from Figure 10 that the bubble density decreased and
the bubble separation diameter was larger with the increase in groove length. As shown in
Figure 10, the cavity structure did increase the number of bubble nucleation points at the
beginning of boiling, but the bubbles also emerged to coalesce during their growth process.
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Figure 10. 2D view of bubble behaviors on surface 2 with different groove widths.

The coalescence process of bubbles reduces the bubble departure rate. When the
length was 500 pm, the heat transfer effect of increasing the nucleation points was stronger
than the negative effect of reducing the bubble departure frequency, so the heat transfer had
the best efficiency. With the growing length of the groove gap, the bubble diameter kept
being larger, and the heat transfer effect was reduced for the decreased bubble departure
frequency. This negative effect can only be offset at high heat flux.

32

6000 ()

6000 (mm)

6000 (mm)



Energies 2025, 18, 4830

5. Conclusions

In conclusion, pool boiling heat transfer is a complex phenomenon, and the accurate
simulation of this process can be difficult. The proposed CFD model was validated with the
Rohsenow curve and available experimental data, and further validation is still necessary
over more complex operating conditions. The purpose of this paper was to show the
bubble dynamic behaviors on novel open-microchannel surfaces through simulation. The
simulation and experimental investigation led to the following conclusions:

e  The boiling effect of each microstructured surface was better than that of the plain
heated surface, which was due to the increase in the heat transfer area of open channels.
Furthermore, the structure of surface 1 had a better HTC than surface 2 because the
bubble dynamics play a more important role in nucleate boiling.

e  Alarger length of groove can increase the bubble nucleation rate to further improve the
boiling effect, which could obviously be observed in the simulation results. At the same
time, an enhanced groove gap can lead to bubbles emerging with bigger diameters.

e  Atlow heat fluxes, constantly increasing the width of the groove will obtain a descending
HTC by facilitating bubble coalescence and decreasing the bubble departure frequency.
Additionally, the structure of the open channel will also affect the growth and separation
process of the bubbles, since bubbles were more likely to coalesce on surface 2 than on
surface 1. Thus, the microstructured surfaces had a greater HTC and CHF at high fluxes
when the bubble release frequency was higher, and the merging of bubbles was delayed.
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Abbreviations
Sm Mass source term, kg/ m3-s
Sg Continuum surface force, kg/ m?2.s2
E Energy, ] /kg
Ko Thermal conductivity, W/m-K
T Temperature, K
Sg Energy source term, J/m3-s
Cpi Specific heat, ] /kg-K
Greek symbols
) Liquid volume fraction
Oy Vapor volume fraction
Surface tension coefficient, N/m
u Dynamic viscosity, Pa-s
] Density of the liquid phase, kg/m?
Subscripts
1 Liquid
Sat Saturation
v Vapor
W Wall
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Abstract

As lunar exploration missions advance, the need for safe and sustainable in situ energy
systems has become increasingly critical. This study investigates the thermoelectric perfor-
mance of BipTez-based thermoelectric materials under the natural temperature variations on
the lunar surface, aiming to illustrate the potential of thermoelectric generation technology
in power supply for a crewed moon base. A numerical approach was employed to assess
the energy conversion behavior and optimize the geometric design of a thermoelectric
module couple consisting of a P-leg and N-leg. The results indicate that Bi,Te3-based
modules exhibit promising functionality under cryogenic conditions, highlighting their
potential as an in situ power source during the long lunar night. Furthermore, geometric
optimization was shown to significantly enhance the overall thermoelectric performance.
The present study illustrates that TEG technology offers a viable pathway toward reliable
energy generation in extreme lunar environments, supporting future mission sustainability.

Keywords: BiyTes-based thermoelectric material; TEG technology; lunar environment;
power supply; thermoelectric performance; cryogenic

1. Introduction

The establishment of a permanent lunar human outpost has grown into a widely
shared international aspiration [1-3]. Through the Artemis program, the United States
aims to achieve a crewed lunar landing by 2026, with plans to subsequently establish a
sustainable human presence on the Moon’s surface [2,4]. Meanwhile, China has outlined
an ambitious lunar exploration road-map, targeting its first crewed Moon landing in 2029
as part of the International Lunar Research Station (ILRS) in collaboration with Russia and
other partners [5]. A permanent moon base seems within range. However, key techno-
logical advancements for lightweight, reliable, and cost-effective energy generation are
imperative [4], to support the transmission of information, satellite navigation, life mainte-
nance, resource exploitation and other essential energy supplies [6,7]. Since each lunar day
and night lasts approximately 14.77 Earth days [7], the traditional approach of using solar
panels with batteries faces a major limitation due to massive energy storage demands [8].
Thermoelectric generators (TEGs) offer a promising power generation solution for lunar
bases [9]. Their operation relies on the thermoelectric effect, enabling the direct conversion

Energies 2025, 18, 5224 https://doi.org/10.3390/en18195224
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of thermal energy into electricity. Unlike conventional heat engine cycles, TEGs contain no
moving parts or kinetic components, resulting in superior reliability, operational stability,
and structural robustness [7,9-11]. These attributes provide TEGs with distinct advantages
for use in the challenging lunar environment [12].

Cold energy harvesting by thermoelectric generator module (TEM) provides a full
chain utilization of the whole temperature zone, and has the characteristics of feasibility and
large-scale utilization [13,14]. Furthermore, the efficiency of cold energy conversion with
TEG is better than that of waste heat conversion [15]. During the lunar night, the surface
temperature of the Moon drops to approximately 90 K, whereas the thermal conductivity of
lunar regolith is extremely low, with a value of only ~0.01 W/(m-K), at depths greater than
~0.4 m, the regolith maintains a nearly constant temperature of around 250 K [16-18]. This
creates a natural source of cold energy with a gradient of approximately 160 K between the
surface and the deeper regolith layer [19,20]. If this inherent cold energy can be effectively
harnessed for electricity generation, it could largely overcome the power supply challenges
faced by equipment during the extended lunar night [21]. Thermoelectric generator (TEG)
technology has emerged as a promising method for generating power from the cold energy
available during the lunar night, despite challenges such as low thermoelectric conversion
efficiency and a shortage of high-performance thermoelectric materials (TMs) suitable for
cryogenic environments [22].

Published papers on TE module performance at the temperature gradient from room
temperature to cryogenic temperature are scarcely available [23,24]. The maximum con-
version efficiency of 1.76% at the temperature range of 200-300 K was measured for TE
module with N-type BiSb-based and P-type MgAgSb-based materials [14]. Lobunets [14]
reported a maximum power output around 25 W and conversion efficiency of 8.85% for
a single thermoelectric module consisting of 263 Bi;Tes-based P-N couples. This repre-
sents the highest performance documented in published studies to date for a TEM under
cryogenic temperature conditions. Kambe et al. [23] reported a maximum power output
of 8.6 W from a TEM with dimension of 40 x 35 x 1 mm?, fabricated using conventional
BiTe materials, under a temperature difference of 210 K and the hot-side temperature of
298 K. Sidorenko et al. [25] studied thermoelectric properties of Big 91Sbg o9 extruded crys-
tals and single crystals were studied over the entire temperature range of 77-200 K, with an
averaged value of thermoelectric figure of merit (ZT) around 0.6. Using improved extrusion
technology for bismuth antimony tellurides, new extruded TEMs were developed with
increased thermoelectric figure of merit around 0.7-0.8 [26]. When doped appropriately, the
material CsBisTeg exhibits a high thermoelectric figure of merit below room temperature
(ZTmax = 0.8 at 225 K) [27]. Enhanced cryogenic thermoelectric ZT with an average value
as high as 0.8 from 180 to 300 K was obtained for Biy 55b; 5Te3 by carrier optimization [28].

The integration of TEGs with in situ resource utilization (ISRU) systems offers a
promising solution for providing continuous power during the lunar night [7]. However,
harnessing the abundant cold energy of the lunar environment for power generation re-
mains a significant challenge in establishing a crewed lunar base [29]. Previous reviews
on TMs indicate a notable research gap in the application of TEGs for cold energy utiliza-
tion. This study focuses on the heat-to-electricity conversion performance of BiTe-based
thermoelectric materials under lunar conditions. Numerical simulations using COMSOL
Multiphysics 6.2 are employed to analyze the thermoelectric behavior of BiTe-based materi-
als throughout the entire lunar diurnal cycle. Based on these simulations, the potential of
TEG technology for lunar in situ energy utilization is comprehensively evaluated.
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2. Methodology
2.1. Geometric TEM Model

A typical TEM consists of multiple P-type and N-type semiconductor couples con-
nected electrically in series and thermally in parallel, all encapsulated between two highly
thermally conductive ceramic plates. In this study, a single couple is analyzed for simplicity,
neglecting the influence of the connecting adhesives. The geometric configuration of the
thermoelectric couple is illustrated in Figure 1a, with the corresponding computational
mesh presented in Figure 1b. Both the P-type and N-type legs exhibit identical geomet-
ric dimensions. A detailed summary of the dimensional parameters and thermoelectric
properties for each leg is provided in Table 1. Both the P-leg and the N-leg are identical,
with dimensions of 1.7 x 1.7 x 1.8 mm?, which are the same with that of Luo et al. [30]
for validation of the present numerical method. The P-leg and N-leg are connected by a
0.2 mm wide copper interconnecting plate.

hot-side

(a) (b)

Figure 1. Schematic of a 3D thermoelectric couple model: (a) geometric configuration; (b) computa-
tional mesh.

Table 1. P-leg and N-leg specifications used in the present study.

Items Value Units
P-leg
Cross-section area w x| mm?
Height h mm
1.52 x 107* — 5.8 x 1078T + 1.65 x 1079T? — 2.7 x 10~ 1218 V/K
Seebeck coefficient (<300 K)

(3.5874 x 107°T3 — 6.37 x 1073T? + 3.3976T —
367.8679)/10° (>300 K)
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Table 1. Cont.

Items Value Units
. . 277660 — 819T + 0.67T2 (<300 K) S/m
Electrical conductivity 10°/(—9.218 x 10~5T3 + 1.1856 x 10 4T2 — 0.04623T + S/m
6.2083) (>300 K)
. 3.748 — 0.01449T + 2 x 10~>T2 (<300 K) W/(m-K)
Thermal conductivity 34352 x 107°T° — 24638 x 10 °T2 + 6,08 x 10T+ 15035 o o
(>300 K)
N-leg
Cross-section area w x| mm?
Height h mm
—152 x 107% +5.8 x 1078T — 1.65 x 107°T? + 2.7 x V/K
Seebeck coefficient 10~ 1273 (<300 K)
(2.6555 x 107°T% — 2.54 x 1073T2 + 0.6364T — V/K
198.6904) /106 (>300 K)
Electrical conductivity 277660 — 819T + 0.67T? (<300 K) S/m
10°/(1.2802 x 1078 T® — 1.634 x 107> T? + 8.69 x 1073T — S/m
1.1129) (>300 K)
. 3.748 — 0.01449T + 2 x 107°T? (<300 K) W/(m-K)
Thermal conductivity 23892 x 10783 — 3.0422 x 10-°T2 + 0.0152T — 0.013 W/ @K)
(>300 K)
Copper conductor
Cross-section area (lunar surface) 42 x 1.7 mm?
Cross.-section area (subsurface 21 x 17 mm2
regolith)
Height 0.2 mm
Electrical conductivity 57,142,857 S/m
Thermal conductivity 399 W/(m-K)
Density 8960 kg/m3
Al,O3 ceramic plates
Cross-section area 5x 1.7 mm?
Height 0.8 mm
Thermal conductivity 18 W/(m-K)

2.2. Properties of TE Materials

Table 1 summarizes the geometric and material properties of the thermoelectric (TE)
couple. For clarity, the Seebeck coefficient, electrical conductivity, thermal conductivity,
and figure of merit (ZT) of the thermoelectric materials within the temperature range
of 300-500 K are presented in Figure 2. It should be noted that the ZT value of the P-
leg material exhibits a decreasing trend above 350 K, primarily due to an increase in
thermal conductivity and a decrease in electrical conductivity. In contrast, the ZT value
of the N-leg material decreases gradually with temperature. Both materials demonstrate
relatively high ZT values at lower temperatures, which enhances their performance under
cryogenic conditions.
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Figure 2. Thermoelectric properties of the TMs: (a) Seebeck coefficient; (b) Electrical conductivity;

(c) Thermal conductivity; (d) Thermoelectric figure of merit.

2.3. Governing Equations

The conservation equations and physical laws of TEGs are as follows [30]:

V- (Ap(T)VTp) = —pp(T)I* + Vap(T)TTp

V- (AN(T)VTy) = —pn(T) + Van(T)I Ty

@
@

where ] and « represent the current density vector and Seebeck coefficient, respectively.

The local current density is given by
J=-VV+aV(T)
The power output of the TEG is

P =I’R;

where R; is the load resistance. The current, I, is given by the Ohm’s Law:

1= a(Th_TC)
Ry +R

The thermoelectric conversion efficiency of the TEG is

_ PRy
Qn

®)

(4)

©)

(6)

The maximum power output (Py;sr) and maximum conversion efficiency (#qx) can be

obtained by altering the load resistance [30].
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2.4. Computational Setup

The physics interfaces and corresponding settings employed in the simulation are
summarized in Table 2, which includes the Heat Transfer interface with initial temperature,
fixed temperature boundaries, and thermal insulation conditions; the Electric Current
interface incorporating initial current and electrical insulation settings; and the Multiphysics
couplings for thermoelectric effects and electromagnetic heating. The numerical solutions
are obtained using the Finite Element Method (FEM).

Table 2. Numerical calculation scheme.

Physics Interface Description Settings

Initial condition Ty =293.15K
hot-side = constant temperature
cold-side = constant temperature

Heat Transfer Fixed temperature

Thermal insulation load resistance, all other external surfaces
. Initial condition Ip=0
Electric current Electric insulation Al,O3 ceramic plates, all external surfaces
Multiphysics coupling Thermoelectric effect P-leg, N-leg
Electromagnetic heating P-leg, N-leg, Copper conductor
- Numerical method Finite Element Method (FEM)

Due to the very slow temperature variation throughout the lunar diurnal cycle, tran-
sient processes have a negligible influence on thermoelectric performance. Therefore, the
entire cycle was discretized into multiple time segments, each assumed to have a constant
temperature. The overall performance of the thermoelectric unit over the full cycle is
approximated by evaluating its behavior within each individual segment. Accordingly, all
simulations in this study were carried out under steady-state assumptions, and transient
effects were neglected.

2.5. Grid Independence Validation

As shown in Figure 1b, a structured grid consisting predominantly of hexahedral
elements is employed for the TEG couple. A grid independence study was conducted
to determine the suitable mesh size for numerical simulations. The steady-state output
performance of the TEG couple under different mesh sizes was evaluated, with the load
resistance set to 0.01 (); the corresponding results are presented in Table 3. When the mesh
size is reduced to 0.1 mm, the relative error in output power drops to 0.02%, indicating
sufficient numerical accuracy. Accordingly, a mesh size of 0.1 mm was selected for all
subsequent simulations to balance computational efficiency and model precision.

Table 3. Steady-state output performance of a TEG couple with different mesh numbers.

Mesh Size Output Output Power Error of
(mm) Mesh Number Voltage (mV) W) Output Power
0.2 5343 35.6720 0.1241 0.06%
0.15 14392 35.6680 0.1241 0.03%
0.1 38274 35.6660 0.1241 0.02%
0.08 82525 35.6650 0.1240 0.01%
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3. Simulation Results
3.1. Model Verification

Figure 3a presents the numerical simulation results of the output power for a single
TEM couple under a hot-side temperature of T, = 500 K, a cold-side temperature of
T, = 300 K, and varying external load resistances. The corresponding results from Luo
et al. [30] are also included for comparison. The maximum prediction error relative to Luo
et al.’s data is less than 0.7%, indicating high accuracy of the current numerical approach.
Figure 3b displays the temperature and electrical potential contours from both the present
study and Ref. [30], which exhibit strong agreement and further validate the correctness of
the present methodology.
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Figure 3. Comparison of the numerical results of present work and [30]: (a) output power;
(b) temperature and electrical potential contours.

3.2. Thermoelectric Performance of a Single TEM Couple

Figure 4 illustrates the thermoelectric performance of the TEM couple under various
cryogenic temperature gradients. The cold side of the ceramic plate is held constant at
90 K, representing the minimum temperature encountered on the lunar surface. The hot
side temperature varies from 248 K (corresponding to the stable temperature layer of lunar
regolith) to 400 K.

Figure 4a shows the performance under the maximum temperature difference of
158 K during the lunar night. The maximum output power and thermoelectric conver-
sion efficiency under these conditions are 0.08 W and 3.76%, respectively. As the hot
side temperature increases to 300 K, resulting in a temperature difference of 210 K, the
thermoelectric performance shows significant improvement: the maximum output power
rises by 75%, reaching 0.14 W, and the conversion efficiency increases by 37.3%, reaching
5.17%. This enhancement is attributed to the rise in the dimensionless figure of merit (ZT)
with increasing temperature. When the hot side temperature reaches 400 K, the output
power and efficiency further increase to 0.28 W and 7.48%, respectively. The external
load resistance corresponding to the maximum power and efficiency remains. The load
resistances corresponding to both maximum power and efficiency varies slightly with the
increase in hot-side temperature.
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Figure 5 shows the output power and electrical potential as functions of electric current
under the temperature differences presented in Figure 4. The output power exhibits a
linear relationship with the current. As the hot-side temperature increases from 248 K to
400 K, the current at which maximum power output occurs rises from 3 A to 4.8 A, while
the corresponding open-circuit electrical potential increases from approximately 36 mV to
72 mV.
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Figure 4. Performance of a single couple under constant T. = 90 K and varying T,: (a) Ty, = 248 K;
(b) T, =300 K; (¢) Ty, =350 K; (d) Ty, =400 K.

Figure 6 illustrates the maximum output power and thermoelectric conversion ef-
ficiency of a single TEM couple under conditions of constant hot-side temperature and
varying cold-side temperature. Both parameters decrease as the cold-side temperature
increases, owing to the corresponding reduction in temperature difference. Nonetheless,
the couple retains its power generation capability across a broad range of temperature
gradients. This feature provides TEG technology with a notable advantage over other
energy conversion methods for in situ energy utilization on the Moon, as it can effectively
exploit the natural temperature variations present in the lunar environment.
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Figure 5. I-A and I-W curves of a single couple under constant T =90 K and varying Ty,: (a) T, = 248 K;
(b) Ty, = 300 K; (¢) Ty, = 350 K; (d) T}, = 400 K.

During the lunar night, if energy storage devices are employed to maintain an elevated
hot-side temperature, the thermoelectric performance can be enhanced significantly. As
the hot-side temperature increases from 248 K to 400 K, both the maximum output power
and thermoelectric conversion efficiency of a single TEM couple double, demonstrating
considerable application potential for TEG technology under lunar conditions. The high-
est output power reaches 0.278 W, implying that a TEM comprising 200 couples could
theoretically achieve a maximum output power of 55.6 W at T}, =400 K and T, = 90 K.

As shown in Figures 4 and 6, both the output power and thermoelectric conversion
efficiency remain below 10%, which represents a major limitation of TEG technology in
the lunar environment—a challenge also observed under conventional conditions. This
performance constraint is primarily due to the relatively low ZT values (0.4-0.6) at cryogenic
temperatures. The key to improving performance lies in enhancing the ZT value through
the optimization of thermoelectric materials and fabrication techniques. Achieving a
ZT value greater than 1 would significantly increase the applicability of TEG for power
generation on the Moon.
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Figure 6. Maximum output power and thermoelectric conversion efficiency of a single couple under
constant T}, and varying T from 90 K to 210 K. (a) Ty, = 248 K; (b) Ty, = 300 K; (¢) Ty, = 350 K;
(d) Ty, = 400 K.

3.3. Geometry Optimization

An analysis was conducted to examine the influence of geometric dimensions on
the thermoelectric performance of a thermoelectric module (TEM) couple. The cross-
sectional areas of both the P-type and N-type legs were varied from 1.0 x 1.0 mm? to
2.0 x 2.0 mm?, while the leg height was adjusted between 1.5 mm and 2.0 mm. The
numerical methodology and mesh generation for the computational domain were con-
sistent with the approach described in Section 3.2 for a TEM couple with leg dimensions
of 1.7 x 1.7 x 1.8 mm°.

As shown in Figure 7, under a constant temperature difference, increasing the cross-
sectional area of the legs leads to a rise in the maximum output power. However, both
the maximum thermoelectric conversion efficiency and the maximum power flux (defined
as the maximum output power per unit cross-sectional area) decrease slightly. This de-
cline is attributed to the corresponding increase in the electrical resistance of the couple.
Consequently, the cross-sectional area has only a minor effect on the overall performance
of the TEM couple from the perspective of power capacity. It should be noted that the
results presented in Figure 7 were obtained under a constant temperature difference across
the legs—a condition that may be difficult to achieve in practice. In real applications, a
reduction in cross-sectional area could alter the temperature gradient along the legs, which
in turn may significantly affect the thermoelectric performance.
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Figure 8 shows the simulated results of the maximum output power and maximum
thermoelectric conversion efficiency of a TEM couple as functions of leg height under a
constant temperature difference. In response to increasing leg height, the maximum output
power and conversion efficiency demonstrate opposite behaviors; the former diminishes
concurrently as the latter is enhanced. This behavior occurs because greater leg height
reduces heat flux through the module, yet the output power declines only marginally.
Consequently, as shown in Figure 8a, the overall conversion efficiency improves, rising
from 3.73% to 3.82% as the leg height increases from 1.5 mm to 2.0 mm under constant
temperature difference.
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Figure 8. Effect of the leg height on thermoelectric performance of a single couple under constant Ty,
and T.. (a) Ty, =248 K, T, =90 K; (b) Ty, = 300 K. The arrows indicate the corresponding coordinate
axis of the curve.

As indicated in Figure 8, when the hot side temperature increases from 248 K to
300 K, a significant improvement in performance is observed. The maximum output power
rises from 0.064 W to 0.112 W for the leg height of 1.5 mm, while the maximum conversion
efficiency increases from 3.83% to 5.26% for the leg height of 2.0 mm. This enhancement
in output power is attributed to the increased heat flux resulting from the larger tempera-
ture difference. These results suggest that integrating an energy storage system to raise
the hot side temperature during the lunar night could be an effective way to improve
TEM performance.
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3.4. Performance of a TEM Couple over a Lunar Diurnal Cycle

The lunar surface experiences extreme diurnal temperature variations, ranging from
approximately 90 K to 400 K. These fluctuations, combined with the relatively stable tem-
perature of the subsurface regolith layer, cause significant changes in the thermoelectric
performance of a thermoelectric module (TEM). To assess the feasibility of thermoelec-
tric generator (TEG) technology for lunar power systems under realistic conditions, the
performance of a TEM couple was simulated over a full diurnal cycle based on the method-
ology in Section 3.3. The couple uses P-type and N-type legs with the same dimensions of
1.4 x 1.4 x 1.6 mm?>. This geometry offers an optimized balance between thermoelectric
efficiency and mechanical durability.

Figure 9 illustrates the thermoelectric performance of the TEM couple over a diurnal
cycle equivalent to approximately 30 Earth days. Under the natural temperature gradient
of the lunar environment and the influence of the isothermal regolith layer, the couple
demonstrates relatively strong performance, particularly during the lunar night, where it
operates stably and maintains high thermoelectric conversion efficiency and power output.
Around 75% and 70% of the diurnal cycle, the efficiency exceeds 3.0% and the maximum
output power surpasses 0.03 W, respectively. Figure 10 presents the cumulative electrical
energy generated over one full diurnal cycle, totaling 28 W-h. This result implies that a
TEM comprising 200 such couples would produce approximately 5.6 kW-h of electricity,
a very considerable output for a TEM device measuring 40 x 40 x 4 mm?>. If an energy
storage device is employed, raising the temperature of the isothermal layer to 400 K, the
accumulated energy output of the couple and the TEM can be significantly increased,
reaching 60 W-h and 12 kW-h, respectively.
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4. Discussion

The simulation results presented in Section 3 demonstrate that TEG technology ex-
hibits significant application advantages for in situ power generation on the lunar surface.
The natural temperature difference between the lunar regolith isothermal layer and the
environment provides an essential prerequisite for the implementation of TEG technology.
Especially during the lunar night, the temperature difference between the isothermal layer
and the lunar surface environment exceeds 150 K for almost the entire period, which
ensures stable and highly efficient operation of the TEG system. Moreover, power supply
during the lunar night phase is particularly challenging: photovoltaic technology ceases
to operate entirely, and relying solely on energy storage to meet power demands through-
out the approximately 15-Earth-day-long lunar night is practically infeasible. The strong
performance of TEGs during the lunar night effectively compensates for the limitations
of photovoltaics. When combined with photovoltaic power generation during the lunar
daytime, TEG technology offers a viable solution for continuous and reliable energy supply
over the entire day-night cycle on the lunar surface.

At present, the primary bottleneck for applying TEG technology to lunar power
supply remains the thermoelectric materials (TEMs). Their thermoelectric performance
in low-temperature ranges is inferior to that in other temperature zones. Enhancing
the thermoelectric properties of these materials under the extremely cold conditions on
the lunar surface is therefore crucial. Based on this, another key technical challenge is
the development of highly efficient heat exchange technologies suitable for the extreme
environmental conditions on the Moon. Such technologies would enable TEG systems
or devices to maintain the largest possible temperature difference across the TEM, while
minimizing thermal resistance in every heat transfer pathway within the system.

Additionally, the modification of lunar regolith has emerged as another critical focus.
Upon processing the lunar regolith to enhance its thermal conductivity, it can serve as
a high-quality heat source during the lunar night, thereby significantly enhancing the
performance of TEG systems.
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5. Conclusions

With the accelerating progress of lunar exploration, a safe and sustainable power and
energy supply has become one of the key technologies in this highly complex scientific
endeavor. In this study, the performance of Bi;Tes-based thermoelectric materials is nu-
merically evaluated under natural lunar temperature differential conditions. The main
conclusions are summarized as follows:

(1) BipTes-based thermoelectric materials demonstrate significant potential for in situ
power generation under cryogenic temperature conditions by utilizing local resources.
This approach could offer a viable power supply solution during the extended
lunar night.

(2) Taking a thermoelectric couple consisting of a P-type leg and an N-type leg, each with
dimensions of 1.7 x 1.7 x 1.8 mm?, as an example, it can achieve a maximum output
power ranging from 0.08 W to 0.278 W under temperature differences between 158 K
and 310 K. The corresponding maximum thermoelectric conversion efficiency reaches
values from 3.76% to 7.45%.

(3) Effect of the geometry size of a TE couple on its thermoelectric performance was
conducted, based on which a couple using P-type and N-type legs with the same
dimensions of 1.4 x 1.4 x 1.6 mm? was selected for evaluation the performance of the
couple under natural temperature difference on the moon over a diurnal lunar cycle.

(4) The couple exhibits a good potential for power supply. The average maximum output
power over a diurnal lunar cycle reaches 0.039 W and accumulated electric energy
production reaches 28 W-h. A TEM comprising such 200 TE couples can produce
5.6 kW-h of electricity.

By examining the electricity generation potential of a fundamental thermoelectric
module (TEM) unit under lunar surface conditions, this work conceptually validates the
application of TEGs in utilizing natural temperature differences for power production.
Nonetheless, scaling up TEG technology still faces multiple practical engineering hurdles,
including system design, integration methods, heat transfer enhancement, and in situ ther-
mal storage modification. These aspects require further in-depth research and development
in subsequent studies.
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Abbreviations

The following abbreviations are used in this manuscript:

ISRU  In situ resource utilization

ILRS International Lunar Research Station
TEG  Thermoelectric Generation

TEM  Thermoelectric Module

™ Thermoelectric Material
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Abstract

A clearance necessarily exists between the blade tip and the casing in turbines. A leak-
age flow, formed by the accelerated gas through the tip clearance, is a major cause of
turbine stage efficiency loss. Severe heat loads on the blade tip surface also result from a
leakage flow, a primary cause of blade damage. Although the understanding of leakage
flow mechanisms is mature after years of research, the continuous rise in turbine inlet
temperature, pursuing higher engine thrust, requires more effective cooling methods for
the blade tip region. This paper presents a review of research on three fundamental tip
structures (flat tip, squealer tip, and winglet tip) to explain their design concepts, analyze
their respective flow mechanisms as well as heat transfer characteristics, and introduce
various modified designs. Various film cooling arrangements applied to these tip structures
are examined to identify effective strategies that strengthen the advantages of structural
optimization. In view of engineering applications, this paper reviews research on unsteady
wake interactions as the aforementioned framework, hoping to provide readers a more
comprehensive understanding.

Keywords: turbine blade tip; leakage flow; tip cooling performance; unsteady wake
interaction; machine learning for blade design

1. Introduction

Gas turbines play a critical role in advanced turbine engines to generate thrust. Mod-
ern turbines mainly adopt the axial-flow configuration with multiple stages. Each stage
includes a stator mounted on the casing and a rotor mounted on a shaft. The gas, under
the guidance of the stator, impinges on the rotor at an incidence angle, forcing the rotor
to rotate to generate mechanical energy, which is used to drive the compressor and other
components to process the next working cycle. The rotating shaft may experience radial
displacement, and the blade exposed to the high-temperature gas will experience spanwise
deformation. This leads to an increased possibility of rubbing between blade tips and
casing. Maintaining an adequate clearance between them is essential to ensure the safety of
these moving and static components. However, partial gas flows through the gap because
of the pressure difference between two sides of the blade, which is the leakage flow. The
leakage flow contributes to significant efficiency loss, approximately one-third [1,2].

Quantities of research were conducted to clarify the leakage flow mechanism and
the associated loss. Not only were experiments conducted using advanced facilities and
technologies, but numerical simulation generally became a widely used method as compu-
tational codes and commercial software made significant progress. Studies [3-5] comparing
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computational data with experimental results verified the reliability of the numerical sim-
ulation. The combined studies based on experimental and numerical approaches helped
researchers better understand the flow pattern and heat transfer characteristics, significantly
contributing to the development of the cooling system design for turbine blades.

The efficiency penalty of tip loss measured by Booth et al. [6] showed that
a 1% additional tip clearance gives 1.5% additional loss. Moore and Tilton [7] further
validated the flow patterns involving a vena contracta and described them using a simple
two-dimensional model at the foundation of Rains’ research [8]. Based on the above model,
a modified equation between the contraction coefficient and the discharge coefficient theory
was derived by Heyes et al. [9]. Measurements on velocity field and pressure distribution
of leakage flow in clearance were conducted by Sjolande et al. [10] and Yaras et al. [11], and
the detail structures were obtained. Bindon [12] explained the formation of leakage flow
loss dominated by separation bubbles. Dishart and Moore [13] and Yaras and Sjolander [14]
investigated the leakage loss under different clearance conditions, and the aforementioned
theories about discharge coefficient and separation bubble were referenced, providing a
more accurate method for loss prediction.

Achieving higher efficiency must be established on the foundation that the turbine
blade can operate normally. The main reason for blade damage, even failure, is the
severe heat load. The temperature of the leakage flow significantly exceeds the material
limit, and the turbine inlet temperature increases with the engine development to obtain
more powerful thrust. As a consequence, a thorough understanding of heat transfer
characteristics and the development of an effective cooling system are the essential parts
of the turbine blade design. Given the complex three-dimensional flow field within the
tip gap that creates nonuniform heat transfer coefficient distributions with localized peak
magnitudes on the tip, the acquisition of detailed heat transfer coefficient profiles becomes
not only a prerequisite for blade tip cooling design but also a critical criterion for solution
effectiveness validation. Historically, modification of tip geometry to mitigate leakage
flow or alter flow field distribution has always been a normal strategy for reducing heat
transfer coefficients in tip region. A detailed review of structure design will be presented in
a later section. Film cooling is one of the common cooling methods to protect blades from
extremely high heat load. Coolant flow generated within the compressor and transferred
through the blade’s internal cooling channel is ejected from the film cooling hole to protect
the local surface from high temperature gas over-tip leakage, effectively reducing the
localized heat transfer coefficient. Research focusing on enhancing film cooling effectiveness
has been widely conducted and will be reviewed in detail in the subsequent section.

This paper provides a review based on different tip geometries to explain their design
concepts, analyze their respective flow field characteristics as well as heat transfer charac-
teristics, and introduce various optimized designs. Different combinations of film cooling
configurations and various blade tip structures are systematically reviewed, with the aim of
exploring efficient solutions where structural optimization and cooling strategies mutually
enhance advantages of each other. Not only steady conditions but unsteady conditions are
also taken into consideration to gain deeper insights into the effects of wake interaction.

2. Flat Tip

A flat tip is the simplest and most basic of all the blade tip structures. It acts as
both the primary research subject and the essential comparison standard for subsequent
investigations. Figure 1 shows the basic flow pattern of over-tip leakage for an unshrouded
flat tip. The leakage flow is driven by the pressure gradient through the tip clearance. After
exiting the clearance, the leakage flow mixes with the mainstream flow, forming a leakage
vortex and generating significant mixing losses. Figure 1b illustrates the simple model of
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tip clearance flow on the plane normal to the camber line of a flat tip. After the leakage
flow accelerates into the gap from the pressure side, the abrupt narrowing of the passage
induces a vena contracta phenomenon. Additionally, a separation bubble exists near the
pressure side on the tip. Depending on the blade thickness (accurately the ratio of clearance
height to blade thickness), the leakage flow exhibits differences in flow attachment or not,
downstream of the separation bubble. Yaras et al. [11] found that the separation bubble
occupied a larger proportion as the tip clearance increased, while the discharge coefficient
showed a decreasing trend with increasing tip clearance, indicating that the effective flow
area was reduced by the separation bubble. The experimental results of Heyes et al. [9]
were in agreement with the conclusion of Yaras et al. [11] and indicated that the discharge
coefficient should be decreased to achieve a reduction in the all over losses. Moore et al.
and Bindon et al. [15,16] concluded that the vena contracta significantly contributed to the
localized high heat transfer coefficients and the burnout of the blade pressure side.

Separation
Bubble

Passage
secondary
vortex

()

Figure 1. Schematic diagram of leakage flow for a subsonic flat tip. (a) Schematic diagram of the

basic form of over tip leakage; (b) schematic diagram of the gap flow [1,17].

Research by Mayle and Metzger [18] on simulated two-dimensional heat transfer
revealed that the leakage flow and the relative blade-to-endwall motion were the primary
factors influencing blade tip heat transfer. Local heat fluxes on the flat tip from leading edge
to approximately thirty percent chords were obtained by Metzger et al. [19] at two different
clearances. Nearly the entirety of heat transfer coefficients on a flat tip were measured by
Bunker and Ameri [20]. In the study combining the experimental and numerical methods
of Ameri and Bunker [21], an accurate model was built for computation according to the
details of the experimental rig. Good agreement was achieved in the comparison of the
experimental results and the numerical data. The combined research not only obtained
detailed heat transfer coefficients on part of the flat tip but also validated the reliability of
the numerical method and the k-w turbulence model.

Azad et al. [22] measured detailed heat transfer coefficients and static pressure dis-
tributions on a blade tip with the GE-E3 profile in a five-bladed stationary liner cascade
through the transient liquid crystal technique. They also considered the influence of the
tip clearance and the turbulence intensity. The high heat transfer region exhibited a high
degree of consistency with the leakage flow path, and the flow path of the leakage flow was
changed towards the leading-edge suction side by the decreased tip gap. The decreased
tip gap reduced both the leakage flow rate and the associated heat transfer coefficient,
while the increased turbulence intensity enhanced the heat transfer where the leakage flow
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passed through. Yang et al. [23] performed a numerical simulation of the flow and heat
transfer in the GE-E3 tip region to validate their model against the experimental data of
Azad et al. [22], with good agreement achieved. Calculation results from several different
turbulence models were compared to evaluate the effect of different turbulence models.
These turbulence models all showed qualitatively consistent results and were quantitatively
different from those of the experiment, while the RNG k-¢ yielded the best consistency.
Effect of tip clearance for the flat tip was included in many studies [24,25], and the general
conclusion was that higher clearances compared to lower ones resulted in a higher heat
transfer coefficient when other variables were controlled.

Sealing geometries such as ribs, trip strips, pins, and so on were set on a flat tip surface
in order to block leakage flow in tip clearance. Rational sealing configuration arrangements
can optimize the flow field and reduce the leakage flow rate. On the contrary, improper
arrangements may induce more severe flow separation and increase loss. Therefore,
investigations on such sealing configuration arrangements were conducted to verify the
value of the designs. Saxena et al. [26] investigated the effect on reduction of the leakage
flow and heat transfer by several configurations like trip strips and pin fins, as shown in
Figure 2. The trip strips perpendicular to the leakage flow direction exhibited the lowest
leakage flow rate and the highest overall heat transfer coefficient reduction.

Figure 2. Schematic diagram of tips from research of Saxna et al. [26].

Kwak et al. [27] studied the film cooling effectiveness on the first-stage blade tip of an
aircraft engine turbine (GE-E3). There were 13 film cooling holes along the camber and on
the pressure side. Two arrangements were studied (ejection only from the tip and from both
the tip as well as the pressure side). Three tip gap clearances and three blowing ratios were
the controlled variables. Higher film cooling effectiveness was obtained with the larger
tip gap. The increasing blowing ratio resulted in an increase in film cooling effectiveness.
Compared with injection from the tip hole only, injection from both the tip and pressure
side holes provided lower heat transfer coefficients and better film cooling effectiveness.

Under typical engine operating conditions, the blade tip flow is primarily transonic.
The transonic flow is accompanied by complex phenomena such as shock wave generation,
flow separation, and reattachment variations, which significantly influence heat transfer
on a blade tip. Following extensive exploration of characteristics of blade tip heat transfer
under subsonic conditions, researchers began to pay increased attention to investigating
heat transfer performance on transonic blade tips. A primary issue was whether the
conventional pressure-driven wisdom still maintained its applicability under transonic
conditions, serving as the basis for research as it did in subsonic conditions. Zhang and
He [28] carried out a study for conditions ranging from subsonic to transonic. Different
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flow patterns were observed between subsonic and transonic conditions. The contour of
the Mach number along a plane for subsonic and transonic tip flow is shown in Figure 3.
From the results, a large portion of the tip region experiencing transonic flow was observed
to be choked, which was also reported by Shyam et al. [29]. The choking limited the
overall leakage flow rate. The influence from the suction side was also mitigated, which
resulted in the pressure difference between the pressure and suction sides not being the
dominant influence of the leakage flow rate. The choking was believed to be advantageous
for designing a high-load blade due to its suppression of leakage flow. Wheeler et al. [30]
used a CFD code to compare the nature of heat transfer on the blade tip in subsonic and
transonic conditions; significant differences were observed. These transonic flow features
included the form of the shock wave and the halving of the length of the separation bubble,
which were in agreement with the study of Zhang and He [28]. The shortening of the
separation bubble was due to the supersonic acceleration of the mainstream flow passing
over the separation zone, which generated a stronger pressure gradient that forced the
separated flow to reattach. These phenomena resulted in lower turbulence production. The
weakened turbulent mixing in the transonic tip region was responsible for the reduction
in heat load, in contrast to the low-speed condition. High-speed flow was less dominated
by turbulent dissipation compared with low-speed flow, leading to less differences in the
choice of turbulence model. Zhang et al. [31] accurately described the high-speed nature
of the blade tip. The flow over the first 30% of the axial chord was subsonic and the
leading-edge region exhibited higher heat transfer compared to the downstream transonic
area. The multiple and repeated heat transfer variations in the form of stripes were first
observed in the supersonic part of the tip. The inner link between these stripes and the
patterns of shock wave initiation and reflection was explained. Additionally, the influence
of clearances on heat transfer of a transonic blade tip was studied by Zhang et al. and Anto
et al. [32,33], among others.
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Figure 3. Mach number contours along an axial cut plane from research by Zhang and He.
(a) Subsonic tip flow, exit Mach number of 1.01; (b) transonic tip flow, exit Mach number of 0.37 [28].

After reviewing the preceding article, we can find that the understanding of the
flat tip demonstrates a spiral progression. The principles of driven pressure difference,
vena contracta, and pressure bubble theory have guided the design for reducing blade
loss. Recognizing the need to ensure blade protection while enhancing efficiency, research
on blade cooling has gained significant attention. After substantial advancements in
subsonic blade studies, subsequent research into transonic blades has further filled the
knowledge gaps. The flat tip, as the most conventional blade tip profile, frequently serves
as a contrast for evaluating the performance of more complex tip designs. Consequently,
its characteristics will be discussed further in the subsequent sections where relevant
comparative studies are presented.

3. Squealer Tip

It is known that a smaller tip clearance brings lower losses and lower heat load, but it
will increase the risk of the blade tip rubbing into the casing, accordingly. The contradiction
can be effectively solved by using a squealer tip. The squealer tip is characterized by a
recessed cavity on a flat tip. The thin wall surrounding the cavity is the squealer rim
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that serves as a sacrificial feature. Even if rubbing occurs, only part of the rim will be
damaged without compromising the integrity of the main blade body. Therefore, the
effective tip clearance is decreased by decreasing the gap between the rim top and the
casing. In addition, the cavity functions as a labyrinth seal to resist leakage flow [34].
From the oil flow visualization shown in Figure 4, the flow in the flat tip gap maintains a
predominantly axial flow direction, while the flow within the cavity exhibits a component
of streamwise velocity [35], demonstrating a lower velocity in the cavity. The leakage flow
rate was verified to be reduced by using squealer tips [9]. Mischo et al. [36] predicted
three-dimensional flow through a squealer tip, as shown in Figure 5. The complex flow in
the cavity of a squealer was characterized by three dominant vortices. The cavity vortex,
formed by the separation and roll-up of the rim boundary layers along the cavity bottom
corners, extended across both the pressure side and the front suction side. The scraping
vortex was generated by the casing boundary layer fluid interacting with leakage flow. The
corner vortex developed when jets from the leading edge of pressure side impinged on the

suction-side corner.

Figure 5. Three-dimensional CFD predicted flow field in a squealer tip [36].

Numerous studies conducted with different methods have demonstrated a reduced
overall heat transfer coefficient relative to flat tips [4,37—40]. Metzger et al. [37] and Chyu
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et al. [4] used two-dimensional tip models to study the heat transfer on squealer tips
with varying cavity depth-to-width and tip gap-to-width ratios, and an optimal ratio was
obtained. Azad et al. [38] and Kwak et al. [39] measured the all-coverage heat transfer
coefficient distribution on the three-dimensional squealer tip, as shown in Figure 6. Yang
et al. [40] performed a numerical simulation with boundary conditions consistent with
reference [38]. The location of the high heat transfer coefficient on the cavity floor compared
with that on the flat tip was found to shift toward the suction side and axially toward
the leading edge. However, the rim surface showed higher heat transfer coefficients than
the cavity floor, particularly at the trailing edge and the suction side, where the values
exceeded those of the corresponding flat tip, while the pressure-side rim was observed to
have comparable heat transfer to the flat tip [4,37,38]. Although the numerical predictions
by Ameri et al. [41] indicated that the cavity bottom showed higher heat transfer than
the flat tip, the predictions for the rim region maintained qualitative consistency with
experimental results. In addition, the leading edge at the cavity floor was observed to
exhibit a heat transfer peak because of the flow impingement [39,41]. The flow impingement
can be recognized clearly in Figure 4, where the dots appear smeared. The squealer tip
provided a pronounced reduction in heat transfer coefficients on the shroud compared to
the flat tip. However, the reductions for the tip region of two blade sides were comparably
not remarkable [39].

High h region - -

Figure 6. Heat transfer coefficient on squealer tip and flat tip measured by Azad et al. [38].

The width and depth (equivalent to cavity depth) of the squealer rim, typical char-
acteristics of the squealer tip, are fundamental design parameters whose effects should
be well understood. Yang et al. [42] and Lee et al. [43] both separately studied five cavity
depths. The similar conclusion they reached was that as the cavity depth increased, there
existed an optimum value for reducing leakage flow. When the cavity depth exceeded the
value, no additional reduction could be obtained. (Especially, Yang et al. [42] identified a
3% cavity depth-to-blade span ratio, while Lee et al. [43] found a 2.75% rim height-to-axial
chord length ratio.) On the other hand, heat transfer coefficients exhibited a monotoni-
cally decreasing trend as the groove depth increased. Wang et al. [44] and Li et al. [45]
investigated different rim widths under subsonic and transonic conditions, respectively.
An increased rim width led to a reduction in the heat load on the cavity floor. Each of
their smallest widths (0.58% of axial chord in reference [44] and 0.8% of blade height in
reference [45]) presented maximum aerodynamic efficiency and the lowest heat transfer
coefficient, respectively. The tip clearance influence on the squealer tip was similar to that
on the flat tip. Three different tip clearances were studied by Azad et al. [38], and five
different tip clearances were taken into consideration by Yang et al. [42]. A larger gap
yielded a higher overall heat transfer coefficient, which was attributed to the increased
leakage flow rate.

As most of the studies mentioned above were conducted under the condition that
the blades were stationary relative to the casing, the validity requires further validation.
Experiments by Metzger et al. [37] and Chyu et al. [4] introduced a moving shroud surface
aimed at investigating the influence of relative motion and verified the effectiveness of

58



Energies 2025, 18, 5930

a stationary model in the tip heat transfer investigation. The influence of rotation on the
blade tip leakage flow and heat transfer was numerically simulated by Yang et al. [46]. The
three simulated rotation conditions included the rotating blade with a stationary shroud,
the stationary blade with a rotating shroud, and the stationary blade with a stationary
shroud. The main influencing factor of the rotation was the relative motion of the endwall,
while the influence of the Coriolis and centrifugal forces played a limited role.

The film cooling effectiveness distribution on the squealer tip was measured by Kwak
et al. [47], as shown in Figure 7. The higher blowing ratio could lead to a decreased average
heat transfer coefficient. The overall film cooling effectiveness could be enhanced with the
increasing blowing ratio but showed no consistent trend across tip gap clearance. Notice
should be focused on the fact that, compared with the flat tip, the squealer tip presented
higher film cooling effectiveness. He et al. [48] conducted a numerical study on film cooling
and heat transfer on the squealer tip investigated in reference [47], with the validation
agreeing well with the experimental results. The computational results regarding the effect
of tip clearance and blowing ratio remain qualitatively consistent with experimental results.
Higher film cooling effectiveness was obtained with coolant injection from both the tip and
pressure side holes instead of only injecting from the tip holes. These could be attributed to
the blockage of the leakage flow, combined with an expanded region of coolant coverage
on the suction side resulting from pressure-side injection. Li et al. [49] studied the effect of
tip clearance and cavity depth on pressure loss and cooling effectiveness under a staged
environment. They reported that when the cavity depth was increased, the decrease in
the leakage flow rate and the enlargement of the cavity vortex occurred simultaneously,
resulting in an improvement at first and then deterioration of aerodynamic performance.
As the depth increased at a fixed tip clearance, the separation line shifted from the pressure
side toward the suction side, altering its position relative to the holes. They suggested that
positioning holes on separation lines could enhance cooling effectiveness. Ma et al. [50,51]
revealed the interaction between the coolant and leakage flow. The critical flow structure
was a counter-rotating vortex pair (CRVP). The CRVDP, characterized by its asymmetric
strength with a dominant left leg, resulted from the impingement of the coolant on the
casing. Strips of high heat transfer coefficient were identified at the upstream subsonic part
in the cavity, as shown in Figure 8, because the strength difference induced the leakage flow
to move to the cavity floor. At the trailing-edge transonic region, the leakage flow with
relatively high momentum was less affected by the cooling flow. An interesting finding
was that a reduction in heat flux was observed in regions unreached by injected coolant,
confirming that the upstream propagation of the interaction between the coolant and the
leakage flow resulted in a reduction in the local heat transfer coefficient.
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Figure 7. The detailed film cooling effectiveness on the squealer tip by Kwak et al. [47].
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Figure 8. Contour of HTC for nine cooling holes by Ma et al. [50].

Adjusting the location and quantity of squealer rims was a common approach to
modify the squealer tip structure. Azad et al. [52] and Kwak et al. [53,54] studied squealer
tips with different rim arrangements. Measurements were conducted on the tip, shroud,
and the near-tip regions. The high heat transfer region was related to the reattachment of
the leakage flow downstream from the squealer rim. Therefore, different rim arrangements
altered the leakage flow path, resulting in significant differences in heat transfer distribution,
as shown in Figure 9. The suction-side squealer tip showed the best performance in
reducing the heat transfer coefficient. Additionally, the high heat transfer region observed
along the suction side corresponded to the leakage vortices developing from the tip or the
squealer rim.

s h(W/m?K)
100 200 300 400 500 600 700 800 900 1000

Figure 9. Heat transfer coefficient on squealer tips with different arrangements by Kwak et al.
(a) The camber line; (b): the pressure side; (c) the suction side; (d) the pressure and suction sides;
(e) the camber line and the pressure side; (f) the camber line and the suction side [53].

Mischo et al. [36] designed an improved squealer tip with nonuniform rim width; the
three-dimensional schematic diagram with a cavity flow is shown in Figure 10. Comparing
it with the cavity flow of the conventional squealer tip, which is shown in Figure 5, the
new design eliminated the suction-side leading edge recirculation zone by optimized
profiling, suppressing the cavity vortex. The jet from the pressure-side leading edge was
able to spread to the entire cavity floor without localized impingement on the suction-side
corner, eliminating the extreme heat region. The scraping vortex broke away from the
constraint of the casing and mixed with the pressure-side jet, reducing aerodynamic losses.
The improved design simultaneously enhanced total efficiency by 0.38% and reduced the
Nusselt number by 7% compared with the conventional squealer tip.
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Figure 10. Schematic diagram of flow field for an improved squealer tip [36].

The influence of the partial loss of squealer rim material on turbine blade heat transfer
was studied by Bunker and Bailey [55]. Their findings were out of expectation that mate-
rial loss of the pressure-side rim in the mid-chord region could reduce tip heat transfer,
which could be considered an inspiration for the design of partial squealer rims. Camci
et al. [56,57] selected an optimal tip structure from several partial squealer tips according
to their aerodynamic characteristics. The schematic diagram of these partial squealer rims
is shown in Figure 11. The performance of leakage flow reduction and stage efficiency
enhancement by suction-side partial squealers performed better than pressure-side partial
squealers. Mhetras et al. [58] and Gao et al. [59] investigated the film cooling effectiveness
of a partial squealer tip with the pressure side trailing-edge cut. The effects of varying
squealer cavity depth, blowing ratios, and coolant injection arrangements were also con-
sidered. They concluded that the pressure-side cutback squealer tip provided enhanced
cooling effectiveness in the trailing edge compared to the conventional full squealer. Naik
et al. [60] compared film cooling effectiveness between a full and a partial squealer tip.
The partial squealer tip provided enhanced film cooling at the trailing edge but reduced
effectiveness near the leading edge. Lu et al. [61] evaluated two partial squealer tip config-
urations, featuring a cutback on the pressure-side rim and suction-side rim, respectively.
The pressure-side cutback squealer tip suffered a strong impinging leakage flow, leading to
an increased heat transfer coefficient near the trailing edge compared with the suction-side
cutback design. Due to wiping effect of the high-pressure leakage flow which swept the
coolant away from the tip surface, the intended cooling areas could not be covered effec-
tively. Thus, the pressure-side cutback played an inefficient role. In contrast, the suction
side cutback effectively enhanced film cooling effectiveness because of the sheltering effect
of the pressure-side rim, as the coolant maintains sustained coverage above the cavity floor
to the trailing edge.
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Figure 11. Schematic diagram of partial squealer tips designed by Camci et al. [56].
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Jeong et al. [62] designed partial cavity tips. In previous studies, a “sweet point” was
observed at the flat tip leading edge, and a low heat transfer coefficient could be found at
the cavity trailing edge at the squealer tip. Therefore, the partial cavity tips were designed
to combine their respective advantages. As shown in Figure 12, these tips featured a flat
surface near the leading edge and a cavity extending from mid-chord to the trailing edge.
The lowest heat transfer coefficient was achieved by the partial cavity with the cavity
extending from the 10% chord, while the highest film cooling effectiveness was yielded
by the conventional squealer tip for its uniform coolant distribution and recirculation. Li
et al. [63] further studied the influence of a partial cavity on squealer tips with the PW-E3
turbine blade profile. Computational models were obtained by filling the front partial areas
of the cavity tip geometry. The size of the pressure-side corner vortex showed a trend of
initially increasing and then decreasing as the filling areas increased, and the heat transfer
coefficient showed a consistent trend. They suggested that the weakening pressure-side
corner vortex correlated with reduced blade tip heat transfer. Enhancing the scraping vortex
and suppressing the suction-side corner vortex contributed to a decrease in leakage flow.
Du et al. [64] added ribs on the foundation of the partial cavity tip to investigate whether the
designs could optimize the heat transfer characteristics. The suction-side rib configuration
and the lateral ribs configuration did enhance the aerothermal performance compared
to the flat tip. A 27.4% reduction in averaged Nusselt number on the tip surface and a
16.3% decrease in leakage flow were achieved by the suction-side ribbed configuration. The
lateral ribs configuration showed an averaged Nusselt number reduction of 27.2% on the
tip surface and a 17.3% decrease in leakage flow.

("

Figure 12. Schematic diagram of partial cavity tips designed by Jeong et al. [62].

Cernat al. [65] designed a multi-cavity squealer-like tip, with its geometry presented
in Figure 13. The multi-cavity squealer-like tip took the partial squealer design with an
island closed rim presented in the middle of the outer squealer cavity. The multi-cavity
squealer-like tip could limit mid-chord leakage by dual sealing and improve efficiency by
3% over the flat tip. However, a higher heat flux in the casing region was observed due to
frequent impacts between the multi-cavity and the casing.

Park et al. [66] performed experimental and numerical studies into multi-cavity blade
tips, which were obtained by separating the cavity with ribs. Du et al. [67] investigated
the aerothermal performance of multi-cavity squealer tips. Four ribs were specified as
perpendicular to the camber line with equal spacing, dividing the cavity into five small
cavities. In addition, according to the number of ribs arranged in the cavity, four cases
were distinguished and studied. The rib design was intended to weaken the high heat
at the cavity floor due to the reattachment flow. They concluded that the multi-cavity
squealer tip showed a lower heat transfer because the reattachment flow was truncated by
the ribs. However, regions near the ribs worked more similar to a flat tip, especially the
trailing edge. The multi-cavity tip exhibited a higher total pressure loss than the single
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cavity. Consequently, the five-cavity tip demonstrated the lowest overall heat transfer
coefficient but the highest total pressure loss among all configurations. Jiang et al. [68]
further optimized the multi-cavity squealer tips. They replaced ribs in five cavity tips with
half-ribs of different numbers and locations. The four-rib tip, with half-ribs connected to
the pressure side, not only could truncate the reattachment line but also could prevent the
deficiency of the trailing-edge aerothermal characteristics from being similar to the flat
tip. Therefore, the four-rib tip obtained optimal comprehensive aerothermal performance.
Studies on such squealers with ribs in the cavity were also conducted by Park et al. [69],
Huang et al. [70], and Bi et al. [71]. Typically, film cooling on similar multi-cavity tips
was investigated by Bi et al. [71]. They concluded that although ribs placed mid-chord
downstream hindered coolant coverage by altering leakage flow paths, those ribs placed
upstream effectively blocked the separation region at the cavity bottom, thereby improving
coolant coverage. The multi-cavity tip with two ribs positioned at 10% and 25% chord
exhibited optimum performance, demonstrating a superior balance of reducing the leakage
flow and heat transfer coefficient while enhancing film cooling effectiveness. Specifically,
compared to the uncooled ribless one, this configuration achieved a 24.96% reduction in
the averaged heat transfer coefficient and an 18.82% decrease in the leakage flow mass rate.

Multi-cavity
squealer-li

Figure 13. Geometry of the multi-cavity squealer like tip by Cernat et al. [65].

In summary, the traditional squealer tip configuration demonstrated significant ad-
vantages compared to flat tips, including reducing the leakage flow rate, reducing the
heat transfer coefficient, and enhancing the film cooling effectiveness. Building on this
foundation, researchers have further explored structural modifications on squealer tips to
achieve improved aerothermal performance. Initial broad parametric studies investigated
critical squealer rim geometry parameters, such as width and height. Subsequent efforts
focused on targeted structural designs based on detailed analysis of flow field and heat
transfer characteristics, followed by experimental validation. Through advancing design
methodologies and increasingly mature research approaches, researchers have made sub-
stantial achievements in enhancing tip cooling performance through optimized squealer
tip structures. Table 1 summarizes the features and advantages of the squealer tip and its
modified designs.
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Table 1. Features and advantages of the squealer tip and its modified designs.

Tip Configurations

Schematic Diagram Results

Conventional squealer tip
[4,37-40]

Squealer with different
cavity depths
[42,43]

Squealer tip with different
rim widths
[44,45]

Lower overall heat transfer coefficient than flat tip. [4,37-40]
High heat transfer region on cavity floor moved toward the
suction side and the leading edge compared to flat tip. [38,40]
High heat transfer region on squealer rims increased
particularly at the trailing edge and the suction side compared
to flat tip [4,37,38].

Existing an optimum cavity depth for leakage flow reduction.
(3% cavity depth-to-blade span ratio 42, 2.75% rim
height-to-axial chord length ratio [43]).

Depth increased; heat transfer coefficient decreased.

Existing optimum rim width for aerodynamic efficiency (0.58%
of axial chord) [44].
Existing optimum rim width for total heat transfer coefficient
(0.8% of blade height) [45].

Squealer tip with cooling
holes
[47-49]

Higher overall film cooling effectiveness than flat tip [47,48].
Depth increased, leakage flow reduction initially increased and
then decreased [49].

Film holes located on the separation line could be beneficial for
film cooling effectiveness [49].

A
Saquealer tip with different = Flow reattachment downstream from the squealer rim results in
4 im arr}zm ements a high heat transfer region.
53 ;5 A] Suction-side squealer showed highest reduction in heat
! A~ transfer coefficient.
Squealer tip with Optimizing the flow structure compared to conventional
nonuniform rim width o .s.quealer tp- o
[36] sprea) Result of 0.38% total efficiency enhancement and 7% Nusselt

number reduction.

Partial squealer tip
[56,57]

Config 5

Suction-side partial squealers showed higher stage efficiency
enhancement than pressure side.

Configl +—
Config 2

Original tip

Config 3

Partial squealer tip
(pressure side trailing edge
cut) with cooling holes
[58-60]

Higher film cooling effectiveness in trailing-edge region
compared to full squealer tip [58,59].
Lower film cooling effectiveness in the leading-edge region
compared to full squealer tip [60].

Partial squealer tips with
cooling holes
[61]

Suction-side cut back showed better film cooling effectiveness
compared to pressure-side cutback.

Partial cavity tips
[62]

Tip with cavity from 10% chord showed the lowest heat
transfer coefficient.
Conventional squealer tip showed the highest
cooling effectiveness.
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Table 1. Cont.

Tip Configurations Schematic Diagram

Results

[63]

Partial cavity tips ?

Filling area increased, heat transfer coefficient initially increased
and then decreased.

Partial cavity tips with ribs
[64]

Suction-side ribbed configuration (SRT) showed 27.4%
reduction in the averaged Nusselt number and 16.3% decrease
in leakage flow compared to flat tip.

Lateral ribs configuration (SLCT) showed 27.2% reduction in
averaged Nusselt number and 17.3% decrease in leakage flow
compared to flat tip.

Partial squealer design
with an island closed rim

[65]

Lower leakage flow, 3% higher efficiency, and higher heat flux
compared to flat tip.

Multi-cavity tip
[67]

Four-rib configuration showed weakened high heat region by
reattachment flow, lower heat transfer, and higher pressure loss
compared to conventional squealer tip.

Two leading-edge full-ribs and two trailing-edge half-ribs
configurations showed the most comprehensive
aerothermal performance.

Multi-cavity tip with two
ribs at 10% and 25% chord
[71]

Result of 24.96% averaged heat transfer coefficient reduction
and 18.82% decrease in leakage flow rate compared to
conventional uncooled squealer tip.

4. Winglet Tip

A “winglet” is originally designed for installation at the tips of airplane wings to

weaken wingtip vortices and decrease induced drag. The concept of the winglet used in
turbine blade tips is a very short extension by extending a tip platform in a tangential
direction, as Dey and Camci [72] explained. The concept of the winglet was involved
in research by Booth et al. [6]. They intended it to reduce the inlet pressure drop, thus
decreasing the pressure difference. The use of the winglet reduced the discharge coefficient
by 9% compared to a flat tip, which demonstrated the effect of winglet design in leakage
suppression and improving turbine efficiency. Willinger et al. [73] used a simplified model
to simulate and predict the discharge coefficient of the winglet tip. Despite a 5% discrepancy
from the experimental data of Booth et al. [6], the prediction still demonstrated the effect
of reducing leakage flow by the winglet tip. Dey and Camci [72] investigated the use of
the pressure-side winglet and suction-side winglet on an axial flow turbine blade tip to
reduce the leakage flow with comparison to the flat tip. The pressure-side winglet tip was
demonstrated to be an effective design to reduce the jet leaking into the suction side, while
the suction-side winglet did not present its effectiveness. Kang and Seo [74,75] studied a flat
tip with a full-coverage overhang with the influence of different tip clearances. Mass/heat
transfer on the tip and bottom surface of the overhang were analyzed. The mass/heat
transfer rate on the bottom surface of the winglet showed a liner negative correlation trend
with the tip clearance. The original surface region of the flat tip on the winglet tip was
verified to suffer less thermal load than the flat tip, while the overhang region showed
higher heat load than the flat tip surface.
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Harvey et al. [76] validated the effectiveness of reducing leakage flow on the un-
shrouded tip by a new winglet tip design. As shown in Figure 14, there are two winglets
with an aerofoil shape at the blade tip, forming a channel and indirectly doubling the num-
ber of rotor tips. The prediction indicated that the turbine stage efficiency was improved by
1.2-1.8 percent and the tip loss exchange rate was reduced by 30 percent. Harvey et al. [17]
and Willer et al. [77] conducted further investigations on the winglet tip described in
reference [76] to consider its partial application value. They proposed that the unshrouded
blades with winglets could not replace current full shroud blades in aircraft engines at that
time, although the significant effectiveness in reducing leakage flow loss by the winglet was
equivalent to a two-fin shrouded tip. For a replacement to be viable, the winglet tip would
not only need to perform better than the current design (which has two fins and two fences)
but also undergo further improvement. O’'Dowd et al. [78] and Zhou et al. [79] investigated
the aerothermal performance of a transonic winglet tip. The geometry resembled the
winglet design presented by Harvey [76], as seen in Figure 15. The average heat load on
the winglet tip was nearly 2.7 times higher than that on a flat tip. This was not a surprising
result because the primary design purpose of the winglet was to reduce leakage flow, with
cooling achieved through introducing cooling holes on the surface. Zhou et al. [80] and
O’Dowd et al. [81] further studied the aerothermal performance of the cooled winglet tip at
low-speed and transonic conditions, respectively. The combined effects of relative endwall
motion and reduced tip clearance were investigated. Endwall motion reduced the leakage
mass flow but increased scraping vortex loss, contributing to a net 15% decrease in tip
leakage loss and a 31% reduction in winglet tip heat flux, driven by a 14% lower Nusselt
number and 9% higher cooling effectiveness. Smaller tip clearances improved film cooling
effectiveness through superior coolant coverage. The winglet tip was also used in a study
on wall thermal conditions conducted by Zhang and He [82]. They proposed a challenge to
the conventional assumption that the leakage flow characteristics were not influenced by
the wall thermal boundary conditions at transonic conditions. The computational results
demonstrated that there was a strong two-way interaction between aerodynamics and heat
transfer under transonic conditions, and the newly proposed nonlinear correction method
obtained a simulation accuracy close to the conjugate heat transfer, improving significantly
over the traditional linear method.

Suction side winglet

Figure 14. Geometry of the winglet presented by Harvey et al. [76].
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Suction side winglet

Recess

Cooling holes Pressure side winglet

Figure 15. Geometry of the winglet tip studied by O’'Dowd et al. [78].

Applying the design concept of winglet to the suction-side squealer tip, research
on the winglet-squealer tip configuration was initiated by Papa et al. [83], as shown in
Figure 16. They found that the cavity of the winglet-squealer tip yielded a lower mass
transfer coefficient compared to the conventional squealer tip. Saha et al. [84] studied
the winglet-squealer tip with the winglets extending from the pressure side not only at a
suction-side squealer tip but also at a full squealer tip, as shown in Figure 17. Adding a
winglet to the flat tip led to a weaker leakage flow and a 7% decrease in the average heat
transfer coefficient. For the full squealer tip, however, the winglet had a minimal effect on
both leakage and heat transfer. The most significant improvement was observed on the
suction-side squealer tip, where the winglet proved most effective, reducing heat transfer
by 5.5% and the pressure loss coefficient by 27%. Joo and Lee [85,86] studied winglets
extending from the circumferential edge of the squealer tip. The mass/heat transfer rate
on the cavity floor of the winglet-squealer tip was lower than that on the winglet surface,
and the discrepancy between them decreased as tip clearance increased. The cavity floor
provided a lower mass/heat transfer rate by using the winglet at two lower tested tip
clearances, but the contrary phenomenon was observed at two higher clearances. Yan
et al. [87] studied the suction-side squealer tip with a pressure side winglet of different
leading-edge angles and different coverage percentages. The conventional squealer, suction-
side squealer tip, and the winglet-squealer tip were compared through numerical methods.
They concluded that the removal of the pressure-side rim could weaken the heat transfer
on the leading-edge cavity floor. Furthermore, replacing the pressure-side rim with a
winglet could further reduce heat transfer while also reducing total pressure loss. The
winglet leading-edge angle had little influence on the total pressure loss as well as the heat
transfer distribution, although it could optimize localized high heat transfer. There was
an optimal coverage percentage of the winglet that could significantly reduce the total
pressure loss (13.8% reduction by 80% winglet coverage) and the heat transfer coefficient
(15.8% reduction by 60% winglet coverage) in contrast to a conventional squealer tip.
Yan et al. [88] conducted a numerical investigation into film cooling characteristics on a
winglet-squealer tip based on studies of Kwak et al. [39,47]. The distributions of the heat
transfer coefficient and film cooling effectiveness of the squealer tip were consistent with
the experimental results. The suction-side squealer tip and the pressure-side winglet tip
showed better performance in reducing total pressure loss, heat transfer characteristics, and
film cooling effect compared with the conventional squealer tip, especially the pressure-side
winglet, yielding the lowest heat transfer. The pressure-side winglet showed a higher film
cooling effectiveness than the suction squealer tip under small tip clearance conditions. The
authors also proposed that the pressure-side winglet tip was more sensitive to the blowing
ratio and coolant ejection angle, which should be further investigated in the geometry
optimization study.
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Figure 16. Schematics of winglet-squealer tip by Papa et al. [83].

A
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‘A ressure side winglet C
B-B
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1.

(a)

cC
(c)

Figure 17. Schematics of (a) flat tip with winglet, (b) squealer tip with winglet, and (c) suction-side
squealer with winglet [84].

Schabowski and Hodson [89] also studied a kind of winglet—squealer tip, as shown
in Figure 18. These winglet-squealer tips were designed by adding squealer rims on the
edges of the winglet platforms and were different from the winglet-squealer tips previously
referred to, where the winglets extended from the squealer tip. The optimal design was
the winglet with thin squealer rims because it had the combined effect of reducing driving
pressure by the winglet and leakage flow blockage by the squealer rims. Schabowski
et al. [90] then studied the optimization of a winglet—squealer tip. The optimized tip with
the suction-side winglet and thin squealers significantly weakened the leakage loss related
to the flat tip at all tested exit speed conditions. Jiang et al. [91] designed three squealer
winglet structures that extended winglets from the cavity floors of the squealer tips and
were equipped with rims at the edge of the winglets, presenting multi-cavity structures.
Both reduced the average heat transfer coefficient and reduced leakage flow mass, and both
sides of the squealer winglet tip showed the best performance, followed by the suction-side
winglet tip. However, concerning the reduction in the total pressure loss coefficient, the
suction-side winglet tip was superior to both sides of the squealer winglet tip, but the
pressure-side winglet tip demonstrated adverse effects.

Coull et al. [92] used a novel parameterization method to design the geometry of the
winglet tip. Figure 19 shows the change in efficiency and heat load for all designed winglets.
It indicated that winglets extending from only the early suction side can significantly
improve efficiency without increasing the overall heat transfer. Zhou et al. [93] introduced
a novel philosophy to design suction-side winglet tips, driven by an analysis of the near-tip
flow field, as shown in Figure 20. The driving pressure difference in the leakage flow was
reduced by using the suction-side winglets. The leakage flow loss was also reduced by
18.1% for winglet-2 compared to the cavity tip. However, winglet designs suffered more
severe heat load than the cavity tip. Zhong et al. [94,95] designed similar suction-side
winglet tips based on the loss mechanism described in reference [93], as shown in Figure 21.
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A two-sided winglet tip and a small suction-side winglet tip, whose winglet only extended
from the leading edge, were considered. The small suction-side winglet tip showed the
best aerothermal performance. The design of the winglet not extending to the trailing edge
could prevent additional leakage driving forces and high heat load.

M)

Figure 18. Squealer and winglet geometries in the study of Schabowski and Hodson [89].
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Figure 19. Changes in efficiency and heat load for winglet designs [92].

Figure 20. Tip geometries of cavity tip (a), winglet 1 (b), and winglet 2 (c) [93].
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Figure 21. Tip geometries of cavity tip (a), winglet 1 (b), winglet 2 (c), and winglet 3 (d) [94].

A winglet on a turbine blade tip is an extending platform extending from the tip sur-
face. Initially proposed with the same objective as the early research of turbine blades, the
winglet tip aimed to reduce the leakage flow by decreasing the driven pressure difference
across the tip, thereby enhancing the turbine efficiency. By reducing the driven pressure
difference across the tip, winglets enhance turbine efficiency. However, their relatively
complex geometry and larger surface area necessitate efficient cooling design. Extensive re-
search has not only advanced the understanding of inherent winglet characteristics but also
found the excellent performance of the combined design with squealer tips. Furthermore,
multi-parameter shape optimization, guided by flow field and heat transfer characteristics,
has significantly improved design specificity and effectiveness. Table 2 summarizes the
features and advantages of the winglet tip and its modified designs.

Table 2. Features and advantages of the winglet tip and its modified designs.

Tip Configurations Schematic Diagram Results

Result of 7% discharge coefficient reduction compared to flat tip.
Winglet tip Result of 5% discrepancy with data from reference [6].
[6,72,73] verhang Suction-side winglet tip showed higher leakage reduction
compared to suction-side winglet tip [72].

Winglet tip

High and lower mass/heat transfer at overhang region and
Full-coverage winglet tip original surface, respectively, compared to flat tip.
[74,75] Existing liner negative correlation trend between mass/heat
transfer on the winglet bottom and the tip clearance.

inglet tip . ith Result of 1.2-1.8% stage efficiency improvement and 30% tip
two aerofoils : )
[76] loss exchange rate reduction compared to flat tip.

Suction side winglet

Winglet tip with two
aerofoils
[76/77] Pressure side winglet

Equivalent leakage flow loss with a two-fin shrouded tip.
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Table 2. Cont.

Tip Configurations Schematic Diagram Results
Recess Suction side winglet . . .
. . . - Showed 2.7 times higher averaged heat load than flat tip [78,79].
Winglet tip with two N —— S Showed 14% decreased Nusselt number with the

endwall motion [80,81].
Showed 9% increased film cooling effectiveness with the
endwall motion [80,81].

aerofoils and
rectangle groove
[78-81]

Cooling holes  Pressure side winglet

A Suction
side rim

S

Pressure-side winglet
and suction-
side squealer

Lower mass transfer coefficient compared to conventional
squealer tip.

Y

Pressure
side winglet

S

T
~

(83] Aa
Pressure-side winglet Result of 7% averaged heat transfer coefficient reduction
[84] compared to flat tip.
Pressure-side winglet L Little reduction in leakage flow and virtually no reduction in
and full squealer < .
[84] heat compared to full squealer tip.
Pressure-side winglet 'ﬁ‘—ﬂ 5
and suction- «3 ® © Resulted in 5.5% less heat transfer and 27% lower pressure loss
side squealer compared to suction side squealer tip.
[84]
Full-coverage winglet Cavity floor showed lower mass/heat transfer than
and full squealer winelet surface
[85,86] & '
The 60% winglet showed 13.8% total pressure loss reduction
Pressure-side compared with conventional squealer tip [87].
winglet and The 80% winglet showed 15.8% heat transfer coefficient
suction-side squealer reduction compared with conventional squealer tip [88].
[87,88] Result of 54.2% higher cooling effectiveness than conventional
squealer tip at 1.5% tip clearance [88].

Thin squealer on winglet Result of 19.4-26.6% lower leakage flow rate than flat tip.

[89,90]

Multi-cavity squealer tip Suction-side arrangement performance best in reducing heat
transfer, leakage flow, and pressure loss.

[91]
Winglet by a novel il TN
parameterization E Winglets extending from only the early suction side showed
method <. AR Y superior performance in improving efficiency.
[92] 3L I\ J—

0 o1 02 03 04 05 06 07 08 09
Normalised Change in Heat Load On Blade AH'*

Result of 18.1% leakage flow loss reduction compared to

Optimized suction side
conventional squealer tip.

winglet-squealer tip

[93]
. Optimized . Small suction-side winglet tip showed the best aerothermal
winglet-squealer tip
[94,95] performance.
7 L I
F ®) T F © ,r \] @ (
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5. Unsteady Wake

The studies mentioned above were primarily conducted with steady uniform incom-
ing conditions. This steady-state assumption remains rational and effective for blade
design, as it presents performance averaged over extended operational periods. How-
ever, such an approach actually neglects some unsteady flow phenomena, particularly
the interference caused by stator wakes. Consequently, advancing the understanding of
unsteady characteristics is of great importance for gaining deeper insights into blade tip
heat transfer mechanisms and further optimizing cooling structure design. In a gas turbine
stage, the boundary layer shedding from the trailing edge of the upstream blades forms a
wake that influences downstream flow. This wake critically affects turbine performance,
influencing efficiency, loss generation, and noise emission. The heat transfer on the blade tip
becomes particularly complex because of the interactions between wake and leakage flow
boundary layer.

Hodson et al. [96] and Chaluvadi et al. [97] directly measured the unsteady flow field
within rotors using pressure probes and a five-hole probe. Unlike measuring stationary
a stationary blade, it is difficult to measure the flow field with rotating vanes and rotors.
Laser technology measurements were taken by Binder [98], Zaccaria [99], and Géttlich [100]
to obtain an unsteady flow field. Simplified experiments were conducted by Doorly [101],
Ashworth [102], and Dullenkopf [103]. They used a rotating bar to simulate the motion
of an upstream vane, generating an unsteady wake on the stationary blades. In the
study of Guenette et al. [104], the effectiveness of this simulation approach was verified.
Computational methods for unsteady prediction were developed by Rai et al. [105], Giles
et al. [106], and Abhari et al. [107].

Sharma et al. [108] studied the three-dimensional unsteady wake downstream of the
vane in a large-scale 1.5 stage turbine rig. They found that although the position of the rotor
relative to the wake of the upstream guide vanes continuously changed, the tip leakage
vortex itself behaved relatively stable. Zeschky et al. [109], Gallus et al. [110], and Volino
et al. [111] also proposed that leakage flow was only slightly influenced by wake, while the
leakage vortex had more interaction with the passage secondary vortex, as presented by
Payne et al. [112] and Zhou et al. [113].

Ameri et al. [114] conducted a numerical study on the influence of unsteady wake on
tip heat transfer. They proposed that the blade tip flow was dominated by the tip leakage
flow, whose intensity was strong enough to diminish the effect of the unsteady wake.
Therefore, the obtained results showed that the difference between the time-averaged
Nusselt number from unsteady calculations and the steady values was small. In fact, the
time-averaged results would hide the instantaneous high heat transfer regions, which suf-
fered the most severe damage on the blade tips. This highlighted the necessity of capturing
such instantaneous variations depending on unsteady research conditions. In transonic
conditions, blade tip heat transfer was investigated by Thorpe et al. [115]. Although the
influence of the wake interaction was limited, the interference effect of the vane trailing-
edge shock is significant. When the blade’s leading edge approaches the vane, a shock
wave generated at the throat between the blade’s leading edge and the vane suction side
directly interacted with the tip surface, triggering an instantaneous increase in the heat
transfer coefficient. Molter et al. [116], Rahman et al. [117], and Atkins et al. [118] studied
the unsteady heat transfer at transonic turbine conditions. Significant pressure fluctuations
induced by vane trailing-edge shocks were observed, along with localized severe heat
transfer regions driven by unsteady shock-leakage flow interaction, particularly in squealer
tips. These studies revealed that time-accurate results could be more representative of the
actual gas turbine conditions.
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Squealer tip geometries could weaken the influence of unsteady interactions, com-
pared with the flat tip. Saxena et al. [26] found that the wake injecting into the tip gap
brought higher turbulence strength, thus enhancing the overall heat transfer, especially
at the sweet spot. The full squealer tip demonstrated the lowest heat transfer coeffi-
cients under the wake influence among different rim arrangements. An increase in cavity
depth [119] or an increase in tip clearance [120] enhanced the influence of unsteadiness
on heat transfer. This was because the vortex in the cavity provided a dampening effect
on the wakes, preventing the immediate breakdown of the boundary layer that occurred
on the flat tip. Furthermore, adding wake interaction with larger tip clearance resulted in
higher time-averaged heat transfer. Polanka et al. [121] attributed the variations in flux
fluctuations to the pressure fluctuations. In the study of Jiang et al. [122], as the blade tip
approached or moved away from the vane wake, the pressure difference correspondingly
increased or decreased, subsequently causing fluctuations in the heat transfer coefficient.
The use of a multi-cavity tip resulted in elevated fluctuations only within the third and
fourth cavities [68]. While the localized heat transfer increased, the overall heat transfer on
the multi-cavity remained lower than that of a squealer tip. Zhou et al. [123] investigated
vane-blade interaction and tip leakage flow with a winglet-squealer tip. Compared with a
flat tip, the winglet-squealer tip significantly reduced the time-averaged leakage flow and
increased the time-averaged efficiency. These could be attributed to the weakening of the
unsteady interaction by the winglet guiding and stabilizing the leakage flow.

Mehendale et al. and Ou et al. [124,125] studied the influence of wake flow on blade
heat transfer and film cooling. Under the interaction of the unsteady wake, the heat transfer
coefficient significantly increased, while the film cooling effectiveness decreased with the
disruption of film coverage. However, the relative increase in the heat flux without film
cooling was higher than that which was cooled, contributing to a decrease in the heat
flux ratio. This demonstrated the benefit of film cooling in the unsteady environment of
actual turbines. Gao et al. [126,127] also found that the film cooling effectiveness decreased
significantly because of the turbulent mixing of coolant and mainstream enhanced by
the upstream wake. The compound angle-shaped holes shown in Figure 22 could main-
tain wider coolant coverage compared to axial-shaped holes under unsteady conditions,
providing better cooling performance. Rallabandi et al. [128] found that coolant ejected
from the pressure side reattached downstream on the surface, exhibiting higher cooling
effectiveness than that from the suction side. They advised using compound angle-shaped
holes arranged along the pressure side with high density ratio coolant ejection to reduce
the influence of the wake interaction. Zhang et al. [129] investigated the axial arrangement
of film cooling holes under unsteady conditions. They proposed that the film cooling holes
were not recommended to be arranged at the leading edge. Because the cooling efficiency
fluctuated the most at the leading edge due to wake effects, film holes may also disrupt the
sweet spot. Jiang et al. [130] and You et al. [131,132] conducted unsteady investigations of
film cooling on squealer tips, as shown in Figure 23. A finding reached from their studies
was that when the wake interaction was strong, the coolant failed to provide adequate
coverage, whereas when the wake interaction weakened, the cooling efficiency significantly
improved. This revealed a severe challenge of the temporal mismatch between high cooling
efficiency and high heat load. This showed that the key challenge of the temporal mismatch
between high cooling effectiveness and high heat loads remained. To mitigate the localized
transient overheating, further efforts should be devoted to cooling system improvement.
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Figure 22. The compound angle-shaped holes [127].
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Figure 23. The vorticity contour on a middle plane of the tip clearance at different times [130].

6. Concluding Remarks

Thanks to decades of persistent efforts by researchers, significant progress has been
made in fundamental theories, experimental techniques, and CFD technology. Acquiring
accurate flow field data and detailed heat transfer distributions has become an advanced
capability, and the research focus has shifted from understanding to optimization. To meet
the demands of rapidly developing modern gas turbine engines, blade cooling design must
keep pace accordingly.

Effective structure design can weaken the leakage flow and reduce the heat transfer
coefficient on the tip surface. For the squealer tip, decreasing tip clearance and reducing
leakage flow velocity through a sealing effect are the primary functions. While the design
philosophy of the winglet tip is to weaken the leakage flow by reducing the driving
pressure difference, adjusting these basal tip structures in detail can further weaken the
high heat transfer region. Traditional optimization methods, whether through experiments
or numerical simulations, demand substantial costs and long time cycles. Depending
on machine learning to develop predictive models to assist in design has become an
effective way to improve optimization efficiency. The establishment of a predictive model
generally involves the following steps. The blade profile is parameterized to generate
a certain amount of parameter data sets, which are then simulated. The obtained result
files are used to build and train the network, followed by optimizing and validating the
predictive model [133]. In this way, as long as the design parameters are input, the machine
can provide prediction results. Once this technology matures, it will provide significant
support for blade design.

Combining cooling injections with these inherent structure advantages can achieve
excellent aerothermal performance. However, complex interactions exist between coolant
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and leakage flow, and their manifestation varies across different tip geometries. Interactions
on the targeted tip are suggested to be studied further. Although substantial research
has enhanced our understanding of these effects on normal tips, studies on targeted tip
configuration under unsteady interactions are rare. It is worth it to further optimize cooling
design for advanced tip configurations under unsteady conditions. This optimization
specifically addresses the temporal mismatch between high cooling efficiency and high
heat load.
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Abstract

This study investigates the flow and heat transfer mechanisms of high-temperature air flow-
ing across staggered lined fine tubes in a SABRE-type precooler. Large-Eddy Simulation
(LES) was employed to model three-dimensional unsteady flow under constant-property
and variable-property air models at inlet temperatures of 400-800 K. The results show that
increasing temperature substantially enhances vorticity, turbulent kinetic energy, heat flux,
and Nusselt number, while flow separation and pressure drop are intensified. However,
when temperature-dependent air properties are incorporated, the wake width increases
and the separated shear layers become thicker, while the turbulence/unsteadiness intensity
decreases. Consequently, the near-wall shear is reduced and the heat transfer coefficients
are lower. Compared with variable-property predictions, constant-property models over-
estimate the average Nusselt number by 20-40% and the local pressure drop by 40-65%,
and they underestimate the air-side temperature drop along the tube rows. These findings
demonstrate that real-gas effects significantly alter both aerodynamic resistance and ther-
mal performance. Overall, accurate representation of temperature-dependent air properties
is essential for the reliable design, evaluation, and optimization of micro-tube precoolers.

Keywords: SABRE; precooler; staggered lined fine tubes; variable thermophysical properties;
flow and heat transfer characteristics

1. Introduction

The SABRE (Synergetic Air-Breathing Rocket Engine) is the propulsion system de-
signed for the single-stage orbiting SKYLON aircraft, developed by Reaction Engines
Limited (REL) [1,2]. This engine adopts a closed-loop helium cycle and incorporates
a precooler to transfer thermal energy from the high-temperature intake air to liquid
hydrogen, effectively mitigating issues related to hydrogen embrittlement and thermal
management [3,4]. A key component of this system is the precooler, which comprises
approximately 300,000 microtubes with an outer diameter of 0.98 mm and a wall thickness
of 40 um [5,6]. The structure and operating principle of the precooler are illustrated in
Figure 1. The header distributes helium, which subsequently moves from inside to outside
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while high-temperature incoming air travels in the opposite direction, creating a counter-
flow heat exchange mechanism. This arrangement enables the precooler to rapidly cool the
inlet airflow of 400 kg /s from over 1000 °C to —150 °C within 20 ms at Ma = 5.0, achieving
a power-to-weight ratio of up to 667 kW /kg and substantially enhancing the engine’s
overall thrust-to-weight ratio [7,8]. Consequently, the outstanding heat transfer capability
of the precooler has been a subject of focus within the research community, leading to nu-
merous studies on system performance evaluation [9-11], parameter optimization [12-14],

numerical simulation [15,16], and experimental validation [17].

Header

Microtube Manifold

Figure 1. SABRE-type precooler.

Since high-temperature air passes through an array of fine tubes in a staggered ar-
rangement, the precooler experiences a more intense convective heat exchange process. The
following features of such fine tubes are important: (1) their extremely small size, (2) their
very large temperature differences between the gas and wall of the tube, and (3) their
complicated airflow behavior under highly compact tube packing. Over the past few years,
systematic studies have been carried out by researchers about the external flow and heat
transfer properties of tubes of varied characteristic sizes. These studies help explain the
underlying differences between fine tubes and conventional tubes and thus enhance our
understanding of heat transfer in fine-tube configurations.

Bacellar et al. [18] examined the air-side heat transfer of staggered tube bundles whose
diameter varied between 0.5 and 2.0 mm and concluded that smaller diameter tubes deliver
significantly better heat transfer performance at the same inlet velocity. This finding is
in line with that of Zhang et al. [19], who demonstrated that smaller diameter tubes, i.e.,
bigger curvature ratios of tubes tend to induce a boundary-layer separation, which helps to
enhance heat transfer. Collectively, these studies indicate that changes in tube diameter can
change significantly the flow structures in the exterior and, therefore, have a robust impact
on the heat transfer behavior. In an attempt to further explain the effect of tube diameter
on flow characteristic, Li et al. [20] conducted a comparative numerical examination of
wake flow behind 1 mm and 22 mm diameter single tubes. A large, symmetric vortex was
detected at Re = 500 behind the 22 mm tube which causes significant fluid perturbation and
facilitates the exchange of heat in the wake. By contrast, only a small-scale vortex developed
behind the 1 mm tube, resulting in weaker flow disturbance and thus a more limited
degree of heat transfer enhancement. However, Qin et al. [21] reported contrasting results,
finding that under identical Reynolds number conditions and with Ma < 0.1, the wake
structures and dimensionless velocity field distributions were highly similar across tubes
of different diameters. Additionally, Guan et al. [22] conducted a study on the heat transfer
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behavior of water flowing over micro-pillar structures inside a confined rectangular channel.
Their results demonstrated that under a heat flux of 3 W/cm?, pronounced differences
in vortex behavior were observed among micro-pillars with diameters of 300, 600, and
3000 um. Larger-diameter cylinders, due to the increased flow path length and associated
frictional resistance losses, promoted earlier flow separation and formed substantially
longer recirculation zones, ultimately yielding stronger heat transfer capability.

On one hand, as discussed above, the external flow characteristics of micro-scale heat
exchange tubes differ substantially from those of conventional tubes. Previous work by
our research group has similarly shown that when air flows over a single micro-scale tube,
high-frequency vortex shedding occurs, with the shedding frequency for a 1 mm tube
being approximately an order of magnitude higher than that for a 3 mm tube [23]. On the
other hand, much of the earlier research on tube-bundle heat exchangers has centered on
conventional tube dimensions and relatively modest temperature differences, and thus
has largely neglected the effects that temperature-dependent fluid properties may exert on
the flow and heat transfer behavior [24,25]. In this paper, the present work uses numerical
simulations to examine how high-temperature air flows and transfers heat across staggered
fine tubes, accounting for both constant-property and temperature-dependent air models
under various inlet temperatures. Based on these analyses, the variations in flow behavior
and heat transfer performance among four tubes arranged along the flow direction are
examined. The findings are expected to offer theoretical guidance for the design and
optimization of precooler systems.

2. Numerical Methods
2.1. Geometric Model

The computational model in this study is constructed with reference to the precooler
design parameters reported by REL and domestic research institutions [26-29], as illustrated
in Figure 2. The simulation domain consists of four full circular tubes and six half-circular
tubes arranged across seven rows. The heat-exchange tubes have an outer diameter (D)
and an inner diameter (d) of 1D and 0.9D, respectively. The tubes are configured in a
staggered arrangement, with a transverse pitch (St) of 2D and a longitudinal pitch (51))
of 1.5D. To minimize the effects of inlet flow development and potential backflow at
the outlet, extension sections of length 8D are added upstream and downstream of the
computational domain. In the spanwise (z) direction, the tube length is set to 7D to
adequately capture three-dimensional vortex structures and ensure complete development
of the flow field [30,31].

Figure 2. Computational domain and geometric configuration of the staggered fine tubes.
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2.2. Numerical Setup

All numerical simulations were performed using ANSYS Fluent 2023 R2. The fluid mo-
tion and heat transfer were governed by the conservation equations of mass, momentum,
and energy, and the three-dimensional unsteady Navier-Stokes equations were solved with
a pressure-based algorithm. Large Eddy Simulation (LES) was adopted because it is more
capable than Reynolds-Averaged Navier-Stokes (RANS) models of resolving transient,
highly unsteady vortex structures [32,33]. The Smagorinsky-Lilly model was employed to
represent the subgrid-scale contribution of unresolved small-scale vortices to the resolved
flow field. This selection was primarily based on its good robustness and computational
stability in high-Reynolds-number turbulent flows. To account for strong temperature
gradients and property variations caused by high inflow temperatures, the model imple-
mentation incorporates fluid properties (density, dynamic viscosity, thermal conductivity,
etc.) that vary with local temperature, enabling the subgrid eddy viscosity coefficient to
indirectly reflect the influence of the temperature field on subgrid stresses. Furthermore,
the computational grid was sufficiently refined near the wall and in regions with significant
temperature gradients (ensuring a dimensionless wall distance y* < 1 for the first grid
layer) to directly resolve more scales of the flow and heat transfer processes. This approach
reduces reliance on the SGS model in critical areas, thereby ensuring computational ac-
curacy. Pressure-velocity coupling was handled using the SIMPLE scheme. For spatial
discretization, the bounded central differencing scheme was applied to the momentum
equations, and a second-order upwind scheme was used for the energy equation, while the
pressure field was discretized using a second-order formulation. Time advancement relied
on a second-order implicit scheme.

The main boundary conditions are shown in Figure 3. The flow inside the precooler is
predominantly turbulent. For complex flow passages, turbulence may occur at relatively
low Reynolds numbers (Re < 1000) [28]. Referring to the Reynolds number ranges adopted
in previous studies (0 < Re < 6000) [20,28,33], Re = 1000 is selected as the turbulent operating
condition in the present study. A velocity inlet was prescribed at the upstream boundary,
and the inlet velocity was adjusted in each case so that the Reynolds number remained
fixed at 1000. The inlet air temperatures were set to 400, 600, and 800 K. To incorporate
compressibility effects and temperature-dependent variations in thermophysical properties,
air was treated as an ideal gas [34], with viscosity, thermal conductivity, and specific
heat capacity evaluated from polynomial correlations fitted to REFPROP data from the
National Institute of Standards and Technology (NIST). Figure 4 illustrates the temperature
dependence of these properties at an air pressure of 0.165 MPa, corresponding to the
precooler intake condition. A pressure outlet with a gauge pressure of 0 Pa was applied
downstream. Symmetry conditions were imposed on the upper and lower boundaries in
the y-direction, while periodic boundaries were used in the z-direction. The inner surface
of each tube was kept at a constant temperature of 300 K, and the external tube wall was
treated as a no-slip, coupled boundary. It should be noted that a constant wall temperature
of 300 K is prescribed for the heat transfer tubes in this study. This treatment represents an
idealized equivalent assumption, whose physical implication is that the coolant (helium)
inside the tubes possesses sufficient, or effectively infinite, heat transfer capacity to maintain
the wall temperature at a constant low level. The primary purpose of this simplification
is to concentrate the computational resources and analytical focus on the complex flow
and heat transfer mechanisms on the high-temperature air side, particularly the unique
effects arising from the strong temperature dependence of air properties. By fixing the wall
temperature, the air-side physical processes can be effectively isolated and highlighted,
avoiding the interference introduced by the complex coupled heat transfer between the
internal and external flows, and thereby enabling a clearer interpretation of the core
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mechanisms addressed in this study. Convergence criteria for the continuity, momentum,
and energy equations were all set to 107°. A fixed time step of At =2.5 x 107® s was used
in the unsteady numerical simulations. Under the most demanding condition considered
in this study (800 K with variable properties), the dominant vortex shedding frequency was
approximately 4.7 x 10* Hz, corresponding to a characteristic shedding period of about
2.13 x 1077 s. Thus, each shedding cycle was resolved by approximately 8-9 time steps,
satisfying the Nyquist sampling criterion for resolving the dominant unsteady mode. The
tube walls were assumed to be Inconel 718, and their thermal conductivity was calculated
using Equation (1) [35]. The four complete tubes aligned in the streamwise direction are
referred to as Tube 1 through Tube 4, and the subsequent analysis focuses exclusively on

these tubes.
A =111 x 10°T{*> — 0.001986T; + 14.37 (1)

where T is the thermodynamic temperature of the tube.

NO'S"P & COuple

Figure 3. Boundary conditions applied in the staggered fine tubes simulations.
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Figure 4. Dependences of air physical properties on air temperature at 0.165 MPa air pressure.

2.3. Mesh Independence

The entire computational domain was discretized using structured grids generated
with ICEM CFD 2023 R2. An O-grid layout was generated around each tube, and the mesh
was locally refined near the wall to resolve the boundary layer and capture flow separation.
The first-layer cell height next to the tube surface was set to 2 um, with a growth rate
of 1.12. A total of 25 grid layers were distributed in the wall-normal direction, ensuring
that the wall resolution satisfied the requirement of y* < 1 along all tube surfaces. The
computational mesh is shown in Figure 5.
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(a) (b)
Figure 5. Mesh generation: (a) meshing of the partial computational domain; (b) locally refined mesh.

To evaluate mesh independence, six mesh configurations of different densities were
created by varying the numbers of grid nodes in the circumferential, radial, and spanwise
directions around each tube and its surrounding region. Figure 6a presents the outlet air
temperature as a function of the total cell count for an inlet temperature of 400 K. When
the overall number of cells exceeded 6.39 million, further refinement produced less than a
1% change in the outlet temperature, indicating that the solution had become effectively
insensitive to the mesh resolution. Consequently, the mesh with 6.39 million cells was
adopted for all simulations in our study. To further reduce numerical uncertainty, we
additionally carried out simulations using multiple time-step sizes, and the outlet air
temperature was also employed as the evaluation metric, as shown in Figure 6b. The
results demonstrate that once the time step reaches 2.5 x 107 s, further reduction in the
time step leads to only minor differences in the predicted outlet temperature (less than
0.5%). Therefore, a time step of 2.5 x 10~° s was adopted in the present simulations as a
good compromise between accuracy and computational cost.
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Figure 6. Independence verification of outlet air temperature: (a) grid number; (b) time step.
2.4. Data Reduction
The Reynolds number (Re) is defined as:

_ PUmaxD

H

Re ()

where p and y denote the air density and dynamic viscosity, respectively; tmax is the
average air velocity at the minimum cross section, given as:
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st/D_
Sy/D—1"

Umax =

®)

where 1, is the inlet air velocity.

It should be noted that under high-temperature conditions, significant variations in
air density and dynamic viscosity lead to corresponding changes in the local Reynolds
number, even though the inlet Reynolds number is fixed at 1000. An evaluation based
on the local temperature field indicates that the local Reynolds number varies within a
range of approximately 8-15% relative to the inlet Reynolds number, solely due to property
variations. This variation is an inherent physical consequence of high-temperature air flow
and is insufficient to alter the overall flow scale or dominant flow structures. Therefore,
comparisons between constant-property and variable-property cases remain physically
consistent, with the observed differences primarily attributable to the effects of temperature-
dependent air properties on local flow and heat transfer characteristics.

This study focuses on the local Nusselt number corresponding to each individual tube.
The local Nusselt number (Nu;) is given by:

Ny =" __4a9 D @)
A Ti—Tw A
where 1 denotes the external convective heat transfer coefficient; A is the thermal conduc-
tivity of air; g is the heat flux at the outer surface of tube; T\, represents the temperature of
tube outer surface; T is the average air temperature, given as:

T T
Tf _ front'; back (5)

where Tgont and T,k represent the average temperatures at the frontal and rear cross-
sections of tube, respectively. The positions of these two cross-sections are illustrated

in Figure 7.
éfront Eback

Figure 7. The locations of the frontal and rear cross-sections of tube.

The local pressure drop (AP)) is given by:
AP = Pgront — Prack (6)

where Pont and Py, represent the average pressures at the frontal and rear cross-sections
of tube, respectively.

All time-averaged quantities presented in this paper, including the Nusselt number,
local pressure drop, and surface friction coefficient, were obtained by performing time
averaging on unsteady numerical simulation results after the flow reached a statistically
steady state. The unsteady simulations employed a fixed time step of At =2.5 x 107 s.

For each operating condition, the initial transient phase was first discarded, and
a time interval during which the flow characteristics remained stable was selected for
statistical averaging. As mentioned earlier, all operating conditions studied in this paper
satisfy the Nyquist sampling theorem, thereby ensuring sufficient representativeness of the
statistical results.

Statistical convergence was evaluated by progressively extending the averaging dura-
tion and monitoring the variations in the time-averaged Nusselt number, pressure drop,
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and friction coefficient. Convergence was considered achieved when the changes in these
averaged quantities remained below 1% with further increases in the averaging duration.
The same time-averaging strategy was applied to all operating conditions to ensure the re-
liability and comparability of results under different temperature and property conditions.

2.5. Validation of Numerical Model

The numerical methodology was validated by comparing the present simulation
results with the experimental measurements provided in Ref. [36]. Figures 8a and 8b show
the comparative results for the Nusselt number (Nu) and friction factor (f), respectively,
where f is defined by Equation (7). The results derived from the simulated profile of Nu
and f are consistent with the experiment data of the studied conditions. Both parameters
have the mean relative error lower than 6% which is a high consistency between the two
datasets. This rapport shows that the numerical model can be used to reliably model the
necessary flow and heat transfer features in the scope of this study.
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Figure 8. Comparisons of the numerical and experimental results [36]: (a) Nusselt number; (b) fric-
tion factor.

It should be noted that, for the condition of high-temperature air flow across micro-
tubes, there is currently a lack of experimental or database results that can independently
quantify the effects of temperature-dependent properties. The temperature-dependent ther-
mophysical properties adopted in this study are all sourced from standard databases and
have been validated in numerous studies on high-temperature gas flow and heat transfer.
Based on this, the calculated Nusselt numbers, friction coefficients, and their development
trends under variable-property conditions exhibit physical consistency, without unphysical
oscillations or anomalies, indicating that the treatment of temperature-dependent prop-
erties in this work is physically reasonable. Furthermore, although the validation of the
numerical model corresponds to a relatively moderate temperature range, the governing
equations, turbulence modeling strategy, and wall treatment employed are not inherently
dependent on a specific temperature level. Instead, they are grounded in the continuum
assumption and the mechanisms of high-Reynolds-number shear-layer-dominated flow.
When extrapolating the model to an inlet temperature as high as 800 K, this study enhances
physical consistency by incorporating temperature-dependent air thermophysical prop-
erties (density, viscosity, specific heat, and thermal conductivity) to explicitly account for

high-temperature effects.
2AP

2
Np, X puigax

f= @)

where N1, denotes the number of tube rows in the longitudinal direction.

https://doi.org/10.3390/en19030796

88



Energies 2026, 19, 796

3. Results
3.1. Flow Characteristics

In order to have a better knowledge about the mechanisms of flow governing the
crossflow of air between staggered fine tubes, the discussion commences with the unsteady
wake movements in various temperature conditions and thermophysical-property model.
As shown in Figure 9, the time traces of the lift coefficients reveal that both temperature and
property variations have a clear impact on wake dynamics. At 400 K, Tube 1 in the constant-
property case exhibits pronounced, periodic lift oscillations with relatively large amplitudes.
In contrast, when variable properties are applied, the oscillations weaken notably and the
lift signal becomes much smoother. These differences correspond directly to the vorticity
structures illustrated in Figure 10, where the changes in shear-layer development and vortex
shedding align with the observed lift-coefficient behavior. Under constant properties, the
shear layer behind the tube undergoes strong roll-up and generates regular vortex shedding.
In contrast, when variable properties are considered, the vorticity intensity weakens and the
recirculation zone becomes more stable (highlighted by the black solid-line box in Figure 10),
consistent with the nearly non-oscillatory lift response of Tube 1. As the inlet temperature
increases to 600 K and 800 K, the oscillation frequency under constant properties rises,
while the flow under variable properties gradually becomes more unstable. Nonetheless,
the discrepancy between the two conditions diminishes with increasing temperature.

1.5+ —— 400K-Constant 1.5 —— 600K-Constant . —— 800K-Constant
0 Tubel  __ 400K-Variable o Tubel _ GooK-Variable —— 800K-Variable
—~ 05 — 05
QO O
0.0 0.0
0.5+ -0.5
-1.0+ -1.0
13.49 13.68 13.87 14.06 14.25 1349 13.68 13.87 14.06 14.25 13.49 13.68 13.87 14.06 14.25
#(ms) #(ms) #(ms)
6 6
—— 400K-Constant — 600K-Constant 3t —— 800K-Constant
4t TWPe2  400K-Variable atTube2  _ (ooK-Variable Z_T"b” —— 800K-Variable
2 2 1
© © 0
-2 -2
—af -4 -3t
13.49 13.68 13.87 14.06 14.25 13.49 13.68 13.87 14.06 14.25 13.49 13.68 13.87 14.06 14.25
#{(ms) t(ms) #{(ms)
6F 6
—— 400K-Constant —— 600K-Constant —— 800K-Constant
Tube 3 Tube 3 6 Tube 3
4l %7 —— 400K-Variable ab "¢ —— 600K-Variable o 800K-Variable
4t
2t 2
— - 2
O ¥)
0 0 0
-2t -2
13.49 13.68 13.87 14.06 14.25 13.49 13.68 13.87 14.06 14.25 13.49 13.68 13.87 14.06 14.25
#(ms) #(ms) #(ms)
[3 6
3| Tube 4 —400K—Con§tant Tube 4 —600K—Con.stant Tube 4 —800K—Con§tant
—— 400K-Variable 4 —— 600K-Variable 4 —— 800K-Variable
2_
- 1t - 2 — 2
9] O 9]
0r [1} 0
-1 -2 -2
-2

n n n n n 4 n n n n n 4 n n n n n
13.49 13.68 13.87 14.06 14.25 1349 13.68 13.87 14.06 14.25 13.49 13.68 13.87 14.06 14.25
#(ms) t(ms) #(ms)

Figure 9. Time histories of lift coefficient for Tubes 1-4 under constant- and variable-property
conditions at inlet temperatures of 400, 600, and 800 K.
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Figure 10. Instantaneous spanwise vorticity contours of the staggered fine tubes under constant- and
variable-property conditions at inlet temperatures of 400, 600, and 800 K.

The turbulent kinetic energy (TKE) distribution shown in Figure 11 further demon-
strates that under high-temperature conditions, the TKE around Tubes 2—4 increases
markedly, which is fully consistent with the intensified lift oscillations observed in the
lift-coefficient curves. In contrast, under variable-property conditions at 400 K, the TKE
near Tube 1 is almost negligible (highlighted by the white dashed-line box in Figure 11),
indicating that the incoming flow remains nearly laminar or only weakly turbulent. As a
consequence, a stable Kdrman vortex street does not form, and the lift acting on Tube 1 re-
mains nearly constant in time. At this temperature, the overall TKE under variable-property
conditions is noticeably lower than that predicted with constant properties, indicating
weaker wake instability and correspondingly smaller lift fluctuations.

Additional insight into the governing flow mechanisms can be gained from the veloc-
ity and temperature fields shown in Figures 12 and 13. Under high-temperature conditions,
the increase in flow velocity may raise concerns about compressibility effects. Taking the
800 K variable-property case as an example, the inlet velocity is 52.2 m/s, and numerical
results show that the local maximum velocity is approximately 190 m/s. Based on the
estimated speed of sound for air at 800 K (approximately 560-570 m/s), the corresponding
maximum local Mach number is about 0.33. This maximum Mach number occurs only in
the locally accelerated region of the shear layer around the tube, while the vast majority
of the computational domain exhibits Mach numbers below 0.3. According to classical
compressible flow theory, compressibility effects in this Mach number range are generally
weak, with their influence primarily manifested through temperature-dependent thermo-
physical property changes, rather than through pressure wave-dominated compression
waves or shock structures. Therefore, within the parameter range covered in this study,
it is reasonable to neglect the effects of high-Mach-number compressibility on the overall
flow and heat transfer characteristics.

For the constant-property model, increasing the temperature accelerates the shear-
layer roll-up process and strengthens wake unsteadiness, thereby increasing vorticity
production and TKE and resulting in more pronounced lift oscillations. In contrast, when
temperature-dependent properties are considered, the flow velocity at the same nominal
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temperature is reduced and the downstream wake becomes visibly broader (as marked by
the black box in Figure 13). This broader wake weakens shear-layer roll-up and suppresses
periodic vortex shedding, thereby decreasing lift variability. Overall, rising temperature
promotes stronger wake unsteadiness, while neglecting the associated property variations
leads to an overprediction of both vortex shedding intensity and lift-oscillation amplitude.
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Figure 11. Instantaneous TKE contours of the staggered fine tubes under constant- and variable-
property conditions at inlet temperatures of 400, 600, and 800 K.
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Figure 12. Instantaneous velocity contours of the staggered fine tubes under constant- and variable-
property conditions at inlet temperatures of 400, 600, and 800 K.
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Figure 13. Instantaneous temperature contours of the staggered fine tubes under constant- and
variable-property conditions at inlet temperatures of 400, 600, and 800 K.

To analyze the wake turbulence behind the staggered fines tubes, the streamwise
distribution of Reynolds stress was examined. The sampling line was located along the
wake centerline downstream of the second tube row, starting 0.1 mm downstream of the
second tube center and ending 0.1 mm upstream of the windward surface of the third tube,
aligned with the main flow direction.

Figure 14 shows the streamwise Reynolds stress distributions at inlet temperatures
of 400 K, 600 K, and 800 K. Non-monotonic variations are observed for all temperatures;
however, the detailed behaviors differ significantly. At 400 K and 600 K, pronounced
fluctuations persist throughout the sampling region, and clear differences are observed
between the constant-property and variable-property cases. In contrast, at 800 K, the
Reynolds stress profiles obtained using different property treatments are generally similar,
exhibiting comparable streamwise variation patterns.
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Figure 14. Streamwise distributions of normalized Reynolds shear stress along the wake centerline
downstream of Tube 2 under constant- and variable-property conditions at 400-800 K.

This difference is mainly associated with the magnitude of temperature variations in
the wake region. At 400 K and 600 K, appreciable temperature gradients remain down-
stream of the second tube row, and the use of variable properties alters the local viscosity
and momentum diffusion, leading to differences in the Reynolds stress distribution. At
800 K, the flow field is globally at a high temperature level, and the relative temperature
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variation in the wake is smaller, resulting in a weaker influence of property treatment on
the Reynolds stress profiles.

To quantitatively characterize wake unsteadiness in the fine tubes, a monitoring
point was placed on the wake centerline 0.5 mm downstream of Tube 2, and the time
history of the streamwise velocity was sampled to compute the corresponding power
spectral density (PSD). This location lies in the near-wake region and can effectively capture
vortex-shedding-induced velocity fluctuations while representing typical wake structures
inside the bundle. In addition, to validate the wake dynamics from the perspective of
global aerodynamic response, frequency-domain analyses were also conducted for the lift-
coefficient time histories of all four tube rows. For both the monitoring-point velocity signal
and the lift signals, the spectra were obtained using Fast Fourier Transform (FFT). A total
sampling duration of approximately 3.0 x 1073 s was used, covering about 140 complete
shedding cycles, which ensures statistical convergence of the spectra and provides sufficient
frequency resolution. Moreover, the Strouhal number estimated from the inlet velocity of
52.2 m/s and the tube outer diameter of 1 mm is approximately 0.9, consistent with the
typical range St ~ O(1) for shear-layer-dominated vortex shedding from circular cylinders
at high Reynolds numbers. This agreement further confirms that the dominant spectral
peaks are physically meaningful rather than numerical artifacts.

As shown in Figure 15, both inlet temperature and thermophysical property treatment
significantly alter the dominant unsteady scales and the spectral energy distribution in the
tube-bundle wake. Under the constant-property conditions, the PSD at the monitoring
point exhibits sharp and highly concentrated dominant peaks at all three temperatures,
indicating the presence of a strong single dominant periodic mode in the wake, i.e., the
typical vortex-shedding frequency. The dominant frequency shifts noticeably to higher
values as the inlet temperature increases: it is approximately 15,663 Hz at 400 K and rises
to 31,237 Hz at 600 K, suggesting that elevated temperature intensifies shear-layer roll-
up, accelerates the vortex-shedding process, and enhances wake unsteadiness. At 800 K
under constant properties, the spectral energy distribution transitions from a “single-peak-
dominated” pattern to a broader-band spectrum, with a dominant peak around 19,118 Hz.
This reflects a more strongly nonlinear wake state at high temperature, where multi-scale
disturbances are amplified and the energy is no longer concentrated at a single frequency.
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Figure 15. PSD of the streamwise velocity at the monitoring point located 0.5 mm downstream of
Tube 2 on the wake centerline under constant- and variable-property conditions at 400-800 K.

In contrast, the variable-property cases generally show weaker dominant peaks and
a more dispersed spectral distribution. This indicates that once temperature-dependent
variations in viscosity, density, and other properties are taken into account, the periodic
fluctuations in the wake become less concentrated and the dominant shedding mode is less
pronounced than that predicted under constant properties. For example, at 400 K under
variable properties, the dominant peak nearly vanishes and only a weak low-frequency peak
around 75 Hz is observed, suggesting that periodic shedding is strongly weakened and the
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wake unsteadiness is substantially reduced. At 600 K under variable properties, a dominant
peak appears at approximately 12,618 Hz, yet its magnitude remains much weaker than
that of the constant-property case, indicating that unsteadiness begins to develop but
the shedding process is still weak. When the temperature rises to 800 K under variable
properties, a distinct high-frequency dominant peak emerges at about 41,362 Hz, indicating
that high-temperature forcing enhances wake unsteadiness; however, the energy remains
relatively broadband, implying a more complex shear-layer instability with pronounced
multi-scale features. Overall, the monitoring-point PSD results demonstrate that increasing
temperature elevates the characteristic wake frequency and strengthens unsteadiness,
whereas neglecting property variations markedly amplifies the peak intensity and reinforces
a “single-frequency-dominated” behavior, thereby tending to overestimate the periodicity
and instability of vortex shedding in the wake.

Figure 16 presents the spectra of the lift coefficients for all four tubes, and the overall
trends are consistent with those obtained from the monitoring-point PSD. Under constant-
property conditions, higher dominant frequencies and more concentrated energy peaks
are observed at all temperatures, whereas the variable-property cases exhibit lower domi-
nant frequencies, weaker peaks, and more pronounced broadband distributions. Along
the tube rows, downstream tubes are influenced by upstream vortex impingement and
vortex merging, which may introduce secondary peaks in the constant-property spectra. In
contrast, the spectra obtained under variable-property conditions tend to contain more scat-
tered frequency components, indicating a less coherent wake governed by more intricate
unsteady dynamics. These frequency-domain features are consistent with the flow-field
contours: increasing temperature generally enhances vorticity and turbulent kinetic energy
(TKE), promoting shear-layer instability and increasing the shedding frequency; when
temperature-dependent properties are incorporated, the wake is weakened and both vortic-
ity and TKE are reduced, suppressing shear-layer roll-up and the shedding process, which
leads to reduced peak intensity and a more dispersed energy distribution. A particularly
notable case occurs at 400 K under variable-property conditions, where some tube rows
(e.g., Tube 1) exhibit almost no periodic shedding, and the resulting wake structures carry
much lower frequencies and substantially weaker energy content than those predicted
under constant properties. Overall, treating the fluid as having constant properties tends to
overpredict both the shedding frequency and its associated spectral energy, whereas incor-
porating realistic temperature-dependent properties yields a wake that evolves toward a
more complex multi-scale behavior with substantially reduced unsteady energy levels.

These unsteady wake characteristics also affect the near-wall flow around each tube,
making it necessary to examine the circumferential distribution of the friction coefficient.
As shown in Figure 17, all tubes exhibit a distinct peak on the windward side, and the
magnitude follows the order Tube 3 > Tube 2 > Tube 4 > Tube 1. The hierarchy is also
consistent with the flow field: the tubes in the middle-row face a more powerful near-
wall shear since it is affected by both acceleration due to the mainstream and the vortex
structures expelled by the upstream tubes. Tube 1 on the other hand is highly free of
upstream disturbances and thus has the lowest shear. At 800 K, all tubes drop their values
of friction and their points of separation shift upstream. This migration represents improved
vorticity and TKE with elevated temperature, which enhance the loss of momentum in the
boundary layer and enhance the separation of flows sooner.
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Figure 16. PSD of the lift coefficient for Tubes 1-4 under constant- and variable-property conditions
at inlet temperatures of 400, 600, and 800 K.
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Figure 17. Circumferential distributions of surface friction coefficient for Tubes 1-4 under constant-
and variable-property conditions at inlet temperatures of 400, 600, and 800 K.
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Under variable-property conditions, the friction coefficients decrease further with in-
creasing temperature, and the separation angles advance correspondingly. Combined with
the contour results—showing a larger low-velocity wake region (a wider velocity-deficit
zone) and reduced vorticity and TKE—it becomes evident that temperature-dependent
properties decrease the local Reynolds number and thicken the boundary layer, thereby
weakening near-wall shear and reducing the tendency for shear-layer reattachment. More-
over, at the same temperature, the constant-property cases consistently overestimate the
friction coefficient, indicating that neglecting temperature-dependent property variations
leads to an overprediction of near-wall shear.

These near-wall shear characteristics further influence the overall flow resistance acting
on the tubes, particularly the pressure distribution along the flow direction. Figure 18
illustrates the variations in pressure drop across the four tubes under different temperatures
and fluid-property conditions. Under all operating conditions, the local pressure drop
decreases markedly along the flow direction. For example, at 400 K under constant-property
conditions, the pressure drop decreases from 254 Pa at Tube 1 to 86 Pa at Tube 4; under
variable-property conditions, it decreases from 147 Pa to 39 Pa. This trend suggests that
the momentum dissipation and wake weakening caused by the upstream tubes markedly
reduce the aerodynamic loading on the downstream ones.
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Figure 18. Local pressure drop across Tubes 1-4 under constant- and variable-property conditions at
inlet temperatures of 400, 600, and 800 K.

As temperature increases, the pressure drop across each tube rises steeply. For Tube
1, for instance, elevating the temperature from 400 K to 800 K causes the pressure drop to
increase from 254 Pa to 5025 Pa under constant-property assumptions, and from 147 Pa to
2969 Pa under variable properties—both representing nearly a twentyfold growth. This
substantial increase is consistent with the progressively stronger shear-layer roll-up and
vortex shedding revealed in the vorticity fields, and also aligns with the velocity-field trend:
higher temperature leads to a reduction in air density, which in turn produces a significant
increase in flow velocity.

At the same temperature, the pressure drop under variable-property conditions
is consistently much lower than that under constant-property conditions. For exam-
ple, at 600 K, the pressure drops for the four tubes under constant properties are
678, 564, 486, and 211 Pa, respectively, whereas under variable properties they decrease
to only 361, 210, 188, and 102 Pa. The contour plots show that under variable-property
conditions, the low-velocity wake region expands and both vorticity magnitude and TKE
are reduced. This effect is particularly pronounced for Tubes 1-2 at 400 K, where the TKE
is close to zero. These observations indicate that real fluid property variations enhance
viscous diffusion, weaken near-wall shear, and consequently reduce local flow resistance.
Overall, treating the flow with constant properties leads to a systematic overprediction
of the local pressure drop on each tube. When temperature-dependent variations in
fluid properties are included, the flow resistance decreases notably, primarily because

https://doi.org/10.3390/en19030796
96



Energies 2026, 19, 796

vortex shedding is weakened and the associated turbulent structures are substantially
reduced. From a system design perspective, the overestimation of pressure drop under
constant property assumptions implies an amplified prediction of the required pump or
compressor power. Since the driving power is typically approximately proportional to
the pressure loss, this deviation may lead to overly conservative component sizing, which
is particularly pronounced in high-temperature air-breathing systems. Therefore, consid-
ering temperature-dependent property variations is crucial for obtaining more realistic
and reliable engineering conclusions when evaluating aerodynamic losses and overall
system efficiency.

3.2. Heat Transfer Characteristics

Since wake dynamics and near-wall shear play a central role in determining thermal
transport, it is necessary to further examine the heat transfer behavior of the fine tubes.
Figure 19 shows the average surface heat flux for each tube under different operating con-
ditions, and the overall trends align well with the flow-field contours. Tubes 2 and 3 exhibit
the highest heat-flux levels, which is consistent with the vorticity and TKE distributions
indicating that the middle-row tubes experience the strongest shear layers and the most
concentrated TKE. The vortices shed from upstream tubes repeatedly impinge on the down-
stream tubes, enhancing near-wall mixing and thereby steepening the local temperature
gradient. For Tube 4, the temperature contours indicate a noticeably thicker near-wall
thermal boundary layer on its lee side, which reduces the wall-normal temperature gra-
dient and leads to the lowest heat flux. In addition, the incoming flow reaching Tube 4
has already been substantially cooled by the upstream rows, further weakening the local
thermal driving force. Tube 1, unaffected by upstream vortex disturbances, relies mainly
on the direct impingement of the incoming flow and therefore shows only a moderate level
of heat transfer.
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Figure 19. Comparison of average surface heat flux for Tubes 1-4 under constant- and variable-
property conditions at inlet temperatures of 400, 600, and 800 K.

As the temperature increases from 400 K to 800 K, the heat flux of all tubes increases by
several orders of magnitude. This rise is consistent with the stronger vorticity and higher
TKE observed in the contour fields, as well as the thinner near-wall thermal boundary
layers at elevated temperatures. The combined effects of intensified shear-layer instability
and the larger temperature difference between the solid surface and the air substantially
reinforce the heat-transfer process.

At the same temperature, the heat flux under variable-property conditions is noticeably
lower than that under constant-property conditions (approximately 20-30% lower at 800 K).
The contour analysis indicates that under variable-property conditions, the bulk flow
velocity decreases, the recirculation region expands, and both the vorticity magnitude and
TKE are reduced. These changes significantly reduce the near-wall velocity and temperature
gradients. Consequently, assuming constant properties leads to an overestimation of the
surface heat transfer capability.
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To further elucidate how heat transfer varies along the tube surface, the circumfer-
ential and average Nusselt numbers were analyzed. As shown in Figures 20 and 21, the
circumferential Nu distributions follow similar patterns under all operating conditions: Nu
peaks on the windward side due to strong heat transfer in the stagnation region and a thin
near-wall thermal boundary layer, then decreases rapidly after separation, forming a pro-
nounced trough within the separated zone. A partial recovery occurs near the reattachment
region, where shear-layer reattachment and enhanced mixing promote thermal-boundary-
layer thinning.
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Figure 20. Circumferential distributions of Nu for Tubes 1-4 under constant- and variable-property
conditions at inlet temperatures of 400, 600, and 800 K.
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Figure 21. Average Nusselt number of Tubes 1-4 under constant- and variable-property conditions at
inlet temperatures of 400, 600, and 800 K.

More importantly, the row-wise variation in the average Nu can be explained by the
evolution of wake-tube interactions. Tube 1 exhibits the lowest heat-transfer level because
it encounters an undisturbed incoming flow with relatively weaker near-wall turbulence,
leading to a more stable boundary layer and reduced wall-normal transport. In contrast,
the middle-row tubes experience strong disturbances originating from upstream wakes.
In particular, Tube 3 achieves the highest average Nu because it is subjected to (i) wake-
induced flow acceleration and larger local velocity gradients on the windward side, which
effectively increase the local Reynolds number and convective transport, and (ii) intense
vortex impingement and elevated turbulence intensity in the near-wake, which disrupt the
boundary layer and strengthen the near-wall velocity /temperature gradients. These effects
also enhance the heat-transfer recovery in the reattachment region, thereby increasing the
surface-averaged Nu. For the last-row tube (Tube 4), although upstream fluctuations still
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exist, part of the kinetic energy has already been dissipated and the approaching fluid
has been pre-cooled by the upstream tubes, resulting in a reduced available temperature
difference and a slightly lower average Nu than Tube 3, while remaining higher than the
upstream tubes overall.

As the inlet temperature increases from 400 K to 800 K, the near-reattachment Nu
is substantially enhanced, resulting in a significant increase in the average Nu. This
enhancement is attributed to the increased thermal driving force together with stronger
shear-layer instability and higher turbulence intensity at elevated temperatures, which
promote wall-normal mixing and thermal-boundary-layer thinning.

Regarding variable-property effects, incorporating realistic temperature-dependent
properties leads to lower circumferential Nu values over the entire surface compared with
constant-property predictions, with the most pronounced reduction near the stagnation
region and a weakened recovery in the reattachment zone. This reduction is mainly
caused by temperature-dependent variations in viscosity and density, which decrease
the effective local Reynolds number and thicken the boundary layer, leading to weaker
near-wall velocity and temperature gradients. In addition, the reduced wake turbulence
intensity under variable-property conditions diminishes the reattachment-related heat-
transfer enhancement. Overall, constant-property assumptions tend to overpredict both
the magnitude and the coherence of convective heat transfer in the fines tubes.

Beyond the surface heat transfer behavior, it is also necessary to examine how the air
temperature evolves as it passes through the tube rows. Figure 22 shows the distribution
of the local temperature drop across the four rows under different operating conditions.
The temperature fields indicate that the air is gradually cooled as it moves around the
tubes, and the magnitude of this temperature drop diminishes steadily in the downstream
direction. This behavior can be attributed to the fact that Tube 1 encounters the largest initial
temperature difference relative to the 300 K tube wall, providing the strongest thermal
driving force for heat transfer. After successive heat exchange with the upstream tubes, the
air temperature decreases, leading to a substantially reduced temperature difference when
it reaches the downstream tubes. As a result, the temperature drops across Tubes 2 and 3
are smaller than that across Tube 1, while Tube 4 exhibits the smallest temperature drop.
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Figure 22. Air temperature drop across Tubes 1-4 under constant- and variable-property conditions
at inlet temperatures of 400, 600, and 800 K.

As the inlet temperature increases from 400 K to 800 K, the temperature drop across
all tube rows increases substantially. For example, the temperature drop of Tube 1 rises
from approximately 17.5 K to nearly 68 K. This indicates that a higher incoming-flow
temperature provides a stronger solid—air temperature difference as the driving force for
heat transfer. Coupled with the enhanced TKE and intensified shear-layer disturbances at
elevated temperatures, the sensible heat transfer from the air to the tube wall is significantly
strengthened, thereby improving the overall cooling performance of the system.

At the same temperature, the temperature drop under variable-property conditions is
generally greater than that under constant-property conditions, a trend particularly evident
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in the first three rows (e.g., at 600 K, the temperature drop of Tube 2 increases from 37.7 K
to 45.18 K). The underlying mechanism is as follows: although variable properties reduce
the local surface heat flux, the accompanying decrease in air density at higher tempera-
tures lowers the mass flow rate. The velocity fields indicate that under variable-property
conditions, the low-velocity wake (velocity-deficit) region expands and the bulk flow ve-
locity decreases, leading to a reduced mass flow rate through the fine tubes. Because the
reduction in mass flow rate outweighs the decrease in heat flux, the air undergoes a larger
temperature drop per unit mass, thereby producing a larger overall temperature difference.
(For the 600 K case, the outlet mass flow rate decreases from 9.6227 x 10~° kg/s (constant
properties) to 6.5960 x 10~ kg/s (variable properties), i.e., a reduction of about 31.5%.
Meanwhile, the mass-weighted outlet temperature decreases from 462.44 K to 447.20 K, cor-
responding to a larger temperature drop under variable properties (152.80 K vs. 137.56 K).
Using Qi = Im | (hy, — hout), we obtained Q,;, = 13.92 W for the constant-property case
and 10.44 W for the variable-property case. Although the overall heat removal rate is lower
under variable properties, the enthalpy drop per unit mass is larger (Ah = 158.25 kJ /kg
vs. 144.66 kJ/kg) and the mass flow rate is significantly reduced, which together lead
to a larger temperature decrease in the air). In summary, the cooling performance of air
flowing over fine tubes is jointly governed by the local temperature driving force, the heat
transfer capability of the upstream tube rows, and the flow parameters (including velocity,
vorticity, and TKE). Additionally, constant-property assumptions tend to underestimate
the air temperature drop, demonstrating that temperature-dependent property variations
play a critical role in accurately predicting the cooling performance of fine tubes.

To assess how temperature-dependent property variations affect the flow and heat
transfer behavior of air flowing across fine tubes, the average Nu and local pressure drop
for both constant-property and variable-property models were compiled and compared
for each tube, as summarized in Table 1. The findings indicate that the use of constant-
property assumptions is always followed by an overestimation of both flow and heat
transfer performance. The predicted Nu is, on average, approximately 20-40% greater
than the variable-property calculation, and local pressure drop is also overestimated to
even higher proportions, usually 40-65%. These inconsistencies underscore the fact that
temperature-dependent variations in fluid properties should not be neglected since they
may cause significant errors and especially when determining pressure drop. Generally,
consideration of real-property effects is critical to the proper predictive character of the
flow and heat transfer of high temperature air flowing over fine tubes. It is particularly
important to this consideration when estimating the pressure drops, since the failure to
consider property variations would greatly overestimate the flow resistance and may
negatively affect the design and optimization of the engineering process of precoolers.

Table 1. Error in average Nu and local pressure drop under constant- and variable-property conditions.

Inlet Air Temperature Tube Number Average Nu Local Pressure Drop
1 21.3% 42.1%
2 40.5% 52.5%
400K 3 25.3% 39.8%
4 24.6% 54.7%
1 23.9% 46.8%
2 25.0% 62.8%
600K 3 35.8% 61.3%
4 30.4% 51.7%
1 21.3% 40.9%
2 27.5% 48.7%
800K 3 26.3% 51.1%
4 28.0% 65.4%
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4. Discussion

Proper modeling of the thermophysical characteristics of air as a function of tempera-
ture is important to the technological prediction of the thermal-hydraulic characteristics of
micro-scale precooler tubes. Neglecting real-gas effects leads to notable overestimations of
both heat transfer capability and pressure losses, which may further resulting in oversized
components, underestimated cooling demands, or insufficient performance margins in
SABRE-type precooler designs. Thus, incorporating variable air properties is fundamental
to the reliable design, assessment, and optimization of precooler systems. Current research
still faces multiple limitations. Future work should address these existing shortcomings
by conducting more systematic and in-depth studies to refine theoretical frameworks
and guide engineering practices. Specifically, subsequent efforts could proceed from the
following aspects:

(1) The present study still has some limitations, such as the consideration of a single
Reynolds number. Future work will systematically investigate a broader Reynolds
number range, from low to high (e.g., Re = 300-3000 or wider), to establish generalized
correlations applicable to full operating conditions and to provide more comprehen-
sive data support for the optimal design of precoolers.

(2) The present model has limitations regarding the extrapolation of the number of tube
rows in the streamwise direction. Future work will systematically increase the number
of tube rows to identify the critical condition required to achieve fully developed flow,
thereby establishing more general design guidelines.

(3) Tofacilitate an in-depth investigation of the air-side flow and heat transfer mechanisms
in fine tubes, an idealized constant wall temperature boundary condition is adopted in
the present study. Under this assumption, the conclusions are most directly applicable
to operating conditions with strong cooling capacity on the cold side or well-controlled
coolant temperatures. However, the actual operation of a SABRE precooler involves
strongly coupled, transient heat transfer between the hot (air) and cold (helium) fluids,
resulting in complex spatiotemporal variations in the wall temperature. Therefore,
extending the air-side fundamental mechanisms revealed in this study to practical
engineering scenarios with fully coupled hot—cold side interactions represents a critical
step toward real-world applications. Future work will focus on developing fully
coupled, transient numerical models that simultaneously account for the internal
and external flows under prescribed inlet conditions (mass flow rate, pressure, and
temperature), in order to systematically investigate the heat transfer characteristics
and dynamic wall temperature evolution under dual-sided convective effects. This
will help establish a comprehensive theoretical bridge from fundamental mechanisms
to engineering design, providing a more solid basis for the refined design and dynamic
control of precoolers.

(4) This study primarily reveals the evolution of flow and heat transfer mechanisms
under a limited number of tube rows. The current model has limitations regarding
extrapolation to a greater number of tube rows along the flow direction. In future
research, the number of tube rows will be systematically increased to determine
the critical conditions for achieving fully developed flow, thereby establishing more
universal design criteria.

(5) It should be noted that the strong property variations at significantly elevated temper-
atures may enhance shear layer instability and affect local heat transfer and resistance
distributions, aspects not directly covered by the existing validation data. Therefore,
the results under high-temperature conditions in this study are more suitable for
revealing trends and relative variations in flow and heat transfer rather than serving
as absolute quantitative predictions. Further validation of the model’s applicability
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under extreme conditions through high-temperature experiments or higher-fidelity
simulations remains necessary in future work.

(6) The present results also show that high-frequency vortex shedding develops when
air flows across staggered fine tubes. A promising direction for future research is
to examine how these fine tubes respond to the disturbances generated by such
high-frequency shedding. Insights from this investigation would help establish a
more comprehensive theoretical basis for improving precooler design and guiding
performance optimization.

5. Conclusions

This work numerically examined the flow and heat transfer behavior of high-
temperature air passing over staggered fine tubes, considering both constant-property and
temperature-dependent property models. The key findings can be summarized as follows:

(1) The unsteady flow characteristics of fine tubes are highly sensitive to tempera-
ture. Rising inlet temperature significantly strengthens shear-layer instability, vortex
shedding, and TKE, thereby enhancing heat transfer and increasing pressure drop.
However, when temperature-dependent air properties are incorporated, the wake
width increases and the separated shear layers become thicker, while the turbu-
lence/unsteadiness intensity is reduced. As a result, vortex shedding becomes less
periodic and less regular, the wake vortices are more scattered, and the near-wall shear
is substantially weakened.

(2) These flow modifications directly influence thermal performance. Middle-row tubes
achieve the highest heat transfer due to strong vortex impingement. Higher inlet
temperatures greatly increase Nu and heat flux.

(3) Temperature drop through the tube rows decreases along the flow direction, yet in-
creases markedly with inlet temperature. Under variable-property conditions, reduced
density and mass flow rate yield a larger temperature drop per unit mass, despite
lower surface heat flux. Constant-property models underestimate this cooling effect.

(4) Opverall, constant-property assumptions overpredict both heat transfer and flow resis-
tance performance, with local pressure drop errors reaching 40-65% and Average Nu
errors 20-40%.
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Abbreviations

The following abbreviations are used in this manuscript:

LES Large-Eddy Simulation

SABRE Synergetic Air-Breathing Rocket Engine

REL Reaction Engines Limited

RANS  Reynolds-Averaged Navier-Stokes

NIST National Institute of Standards and Technology
TKE Turbulent Kinetic Energy

FFT Fast Fourier Transform
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Abstract

This study addresses the challenge of thermal accumulation and low efficiency in con-
ventional ground heat exchangers for building heating and cooling applications. A novel
direct-expansion CO; borehole heat exchanger (BHE) backfilled with well water is pro-
posed to enhance heat transfer and mitigate soil thermal imbalance. A dynamic thermal
resistance-capacity model (TRCM) coupling CO, phase change with natural convection in
well water is developed and validated against full-scale field experiments (135 m depth),
with prediction errors below 5% under cooling conditions (MAPE 2.29%, RMSE 2.49%).
Quantitative analysis reveals that natural convection in well water enhances overall heat
transfer by 14.9% compared to soil-backfilled systems, despite intensifying thermal short-
circuiting. Two practical enhancement strategies for building energy efficiency are pro-
posed: (1) adding insulation to the rising pipe, which increases the heat transfer rate by
up to 35.1%; and (2) implementing artificial well-water circulation, which achieves up to
50.5% enhancement, with an equivalent coefficient of performance (COP) reaching 52.5
under intermittent operation. The proposed system and the parametric analysis of these
strategies offer effective solutions for improving the energy performance of ground-source
heat pumps in buildings, contributing to reduced operational energy consumption and
enhanced system reliability.

Keywords: direct-expansion BHE; TRCM; COy; natural convection; GCHP; enhanced
heat transfer

1. Introduction

In response to the global energy crisis and climate change, developing efficient and
environmentally friendly technologies for building heating and cooling is of paramount
importance [1]. Ground source heat pump (GSHP) systems have garnered significant
attention due to their ability to utilize the relatively constant temperature of the shallow
subsurface for efficient heat exchange [2]. Among these, direct-expansion ground source
heat pump (DX-GSHP) systems omit the intermediate heat transfer fluid, allowing the
refrigerant to evaporate or condense directly within the underground heat exchanger.
This configuration theoretically offers higher heat transfer efficiency and a simpler system

Energies 2026, 19, 2015 https://doi.org/10.3390/en19092015
105



Energies 2026, 19, 2015

structure [3]. However, their widespread application still faces challenges. In particular,
conventional soil-buried heat exchangers are constrained by the soil’s relatively low thermal
conductivity and specific heat capacity [4], which can lead to performance degradation and
thermal (or cold) accumulation in the borehole region [5].

To overcome these limitations, employing a borehole heat exchanger (BHE)—i.e.,
placing the heat exchanger inside a water-filled borehole—has emerged as a promising
alternative [6]. By leveraging water’s high specific heat capacity and the potential for
natural convection, this configuration is expected to significantly reduce thermal resistance
and mitigate heat accumulation [7]. Several studies have explored innovative BHE designs.
Yang et al. [8] constructed a coaxial BHE with spiral fins attached to the inner wall of
the outer pipe, effectively balancing heat transfer enhancement and hydraulic resistance.
Ren et al. [9] proposed a novel BHE and investigated its influencing factors. Their results
demonstrated that the heat transfer efficiency could be enhanced by up to 48.8%. These
studies confirm the potential of water-filled boreholes, yet they primarily focus on structural
modifications of the heat exchanger itself, with limited attention to the coupled thermal-
hydraulic behavior within the borehole.

Meanwhile, the use of CO; as a natural working fluid has attracted considerable
interest due to its favorable flow and heat transfer properties, as well as its large temperature
glide in transcritical cycles [10]. These characteristics are particularly advantageous when
combined with the large temperature difference potential of BHEs, giving rise to the so-
called direct-expansion CO, BHE. Li et al. [11] proposed a novel direct-expansion BHE
using supercritical CO, and reported a 168.8% increase in effective unit heat flux compared
to previous designs. Austin et al. [12] optimized gas cooler length using a finite volume
model, achieving an 18% improvement in system COP. Eslami-Nejad et al. [13] conducted
theoretical calculations for a 30 m deep direct-expansion CO, BHE, reporting a specific
heat exchange rate of 71 W/m. Hakkaki-Fard et al. [14] compared this system with an
air-source counterpart and found it to have the lowest energy consumption under most
operating scenarios. Eslami-Nejad et al. [15] performed a one-year heating simulation and
reported an average heat pump COP of 2.8. Ghazizade-Ahsaee et al. [16] investigated
the effects of compressor speed, water temperature, and gas cooler length, observing that
both COP and exergy efficiency first increase and then decrease with the temperature
difference between the soil and the evaporator outlet. Gao and Gao [17] developed a full
system model and identified an optimal ground loop pressure of 14.6 MPa for maximizing
COP. Nguyen et al. [18] demonstrated that incorporating an internal heat exchanger could
improve COP by 22%. Despite these valuable contributions, most existing studies have
focused either on overall system performance or on the refrigerant-side behavior, often
simplifying the heat transfer processes within the borehole. Specifically, the complex
interplay between natural convection in the well water and the thermal short-circuit effect
between the U-tube legs—two phenomena that exert opposing influences on overall heat
transfer—remains insufficiently understood [19,20].

From a modeling perspective, research on convective heat transfer in BHEs has largely
relied on experimental and numerical simulation approaches. Alobaid et al. [21] inte-
grated convective heat transport into a three-dimensional numerical model to evaluate
groundwater flow effects in deep sedimentary aquifers. Liu and Han [22] numerically
analyzed convective heat transfer in rock fractures under varying experimental parameters.
Yao et al. [23] systematically evaluated the thermal and hydrodynamic performance of
a microchannel heat exchanger using combined experimental and numerical methods.
Kumar and Sahu [24] numerically investigated convective heat transfer from a rotating
elliptical cylinder in non-Newtonian fluids. Ghaderi Sane et al. [25] performed transient
simulations to study the effects of superhydrophobic surfaces on flow-induced vibrations
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and heat transfer. While these studies provide valuable insights, they incur significant
computational costs and are not well-suited for coupling with dynamic models that account
for CO; flow and phase change inside tubes.

Conversely, thermal resistance models commonly used in direct-expansion CO, BHE
studies often oversimplify the well water region—either by assuming pure conduction or by
employing empirical correlations [26-28]. Alternatively, they may not fully account for the
dynamic characteristics of CO, flow and phase change within the tubes, nor their coupling
with natural convection in the well water [29,30]. As a result, a model that simultaneously
integrates CO, flow and phase change, natural convection in well water, soil heat transfer,
and the thermal short-circuit effect is still lacking. Such a model is essential for revealing
the fundamental mechanisms of this technology, evaluating its performance limits, and
guiding enhancement designs.

To address the aforementioned research gaps, this study aims to develop a thermal
resistance-capacity model (TRCM) capable of accurately simulating the transient heat
transfer process in a direct-expansion CO, BHE. The model is designed to integrate CO,
flow and phase change, natural convection in well water, soil heat transfer, and the thermal
short-circuit effect within a unified framework. The study will quantitatively analyze the
dual role of natural convection-both enhancing overall heat transfer and intensifying ther-
mal short-circuiting-and will propose two systematic performance enhancement strategies:
the rising pipe insulation method and the artificial well-water circulation method. The
influence of key design parameters on these strategies will be comprehensively explored.

The scientific novelty of this work lies in three key aspects. First, a novel TRCM is
developed that innovatively incorporates equivalent thermal resistance terms to account
for the effect of CO, flow on heat transfer while providing a detailed characterization of
natural convection in the well water and thermal short-circuiting between the U-tube legs.
Unlike existing models that often simplify the well water region as pure conduction or rely
on empirical correlations, the proposed model captures the coupled dynamics between the
refrigerant and the water-filled borehole environment. Second, a dimensionless thermal
short-circuit coefficient is introduced as a quantitative metric to evaluate the severity of the
short-circuit effect, enabling a more nuanced analysis of the trade-off between heat transfer
enhancement and parasitic thermal losses. Third, two practical enhancement strategies-one
passive and one active-are proposed and systematically evaluated, offering a comparative
understanding of their effectiveness and optimization potential.

The contributions of this study to the field are twofold. From a methodological per-
spective, the validated TRCM provides a computationally efficient yet accurate tool for the
design, simulation, and performance assessment of direct-expansion CO, BHE systems.
From an engineering perspective, the quantitative analysis of natural convection’s dual
role, together with the proposed insulation and artificial circulation methods, offers action-
able insights and design guidelines for improving the energy efficiency and operational
reliability of ground-source heat pump systems in building applications.

2. Model Development and Experimental Validation

2.1. Model Development
2.1.1. Physical Model

Building upon the large-temperature-difference heat transfer characteristics of direct-
expansion CO, BHEs, a novel direct-expansion CO, BHE is proposed, as illustrated
in Figure 1.
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Figure 1. Configuration of direct expansion CO, BHE.

2.1.2. TRCM

The following assumptions are made: (1) The thermophysical properties of the heat ex-
change pipe, well casing, and soil are assumed to be isotropic and constant. The properties
of CO, and well water are dynamically retrieved based on their current temperature and
pressure, corresponding to pure CO, and pure water, respectively. (2) As the experimental
system includes two series-connected three-stage oil separators, the influence of lubricating
oil on heat transfer and pressure drop is neglected in the model [31]. (3) The influence of the
semicircular elbow at the CO, inlet on the local pressure variation is neglected, but its effect
is accounted for through an equivalent flow thermal resistance term. (4) All boundaries of
the model, except for the CO, inlet and outlet, are assumed to be adiabatic.

Figure 2 illustrates the nodal network of the TRCM for direct expansion CO, BHE. The
model incorporates two types of thermal resistance. The first type is the conventional heat
transfer resistance, encompassing conductive and convective resistances. The second type
comprises equivalent thermal resistance terms designed to account for the influence of CO,
flow on heat transfer. The model also includes two categories of temperature nodes. The
first category consists of nodes with thermal mass, which are governed by ordinary differ-
ential equations. The second category comprises nodes without thermal mass, introduced
to facilitate the representation of the heat transfer process; these include the inner and
outer wall surfaces of the heat exchange pipe and the well casing. As these wall surfaces
are assumed to have no thickness, they possess no thermal mass. Their temperatures,
when required, are calculated from the temperatures of adjacent nodes with thermal mass
using steady-state heat transfer formulas. Furthermore, when the vertical nodal spacing
is non-uniform, or when dealing with nodes involving variable properties such as CO,
and well water, the thermal resistances or capacities of control volumes at different layers
are not equal. In practical calculations, each layer is treated separately and indexed by the
layer number i.
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Figure 2. Thermal resistance and capacity network of direct expansion CO, BHE.

The transient heat transfer for a given computational node can be described by the
following equation [32]:

dT,  "kx T — Ty
Cxry—=Y —5— Vx=1.. 1
Tt kgl Ry * " @
The thermal resistance R¢ of CO; convection heat transfer is calculated according to

the following formula:
1

Rf= ——— 2
f NUf/\fT[ ( )

According to the experimental research conducted by Gupta et al. [33], the calculation
correlation of Nu number is as follows:

0 093 / 02 1, ~113
N :0.01Re?.891)rf0.14< f,Wall) < f,Wall) < f,wa11> 3)
Pf A 2

The inner part Rp,1 and the outer part R, of the heat resistance of the heat exchange
tube are calculated according to the following formula:

In (dp,mid / dp,inn)
Ryq = 4)
P 27Ap
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R In (dp,o /dp,mid) 5
p2 — 27T Ap ( )
where d}, niq is equivalent diameters corresponding to the central point of heat capacity of
the heat exchange tube, and is calculated by the following formula:

2 2
dp,inn + dP,O

dpmia = | 22— (©)

If the insulation layer is added at the top of the riser, ignoring the influence of the heat
capacity of the insulation layer on heat transfer is equivalent to adding a thermal resistance

Rins outside the riser:
In((dp,0 + 26ins) /dp,0)
27T Ains

Rins = (7)

For the natural convection thermal resistance in well water, Spitler et al. [34] gave the
thermal resistance calculation formula for a single U tube:

1

R e
P 2ntdp ohtp w ®)
1
Row= ——""-—— 9
v ndc,irmhcfw ( )
Nu / A
hpjew = %‘”W (10)
w
The Nu number of natural convection adopts the subsection Nu number formula
proposed by Yang [35]:
0.59Ra)t, Grp/c.w <3x10°
Nup /e w = 0.0292Rag-§?:7w 3 x 109<Grp ¢ < 2 x 10" (11)
0.11Ra)> | Gry/c > 2x 101
Among them,
Rap /e w = Grp/e wPrw (12)
AT, D3
Gry /e v = w )
w

It should be noted that when calculating the natural convection thermal resistance
Rpp-w between the riser and the well water under the condition of adding insulation layer,
the heat exchange tube temperature Tp,p in Gr number needs to be replaced by insulation
layer temperature Tins, and Ting is calculated by the steady-state heat transfer formula:

o (Rins + 2Rp_Z) Tw — (Rins + 2RpB—W) TpB

T . — 14
ins 2Rp_2 _2Rprw (14)

In order to quantitatively analyze the influence mechanism of heat transfer enhance-
ment or weakening in different scenarios, the thermal resistance R,  from the outer wall
of the heat exchange tube (from the outer wall of the insulation layer in the case of adding
insulation layer) to the inner wall of the well tube can be defined by the following formula:

Rp c=——F7—+ Rc_w (15)
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The thermal resistance Rp,_, between heat exchange tubes is calculated by the formula
proposed by Hellstrom [36]:

_ 1 [ (2B )™ 631+ (4063 (63— 1)) (16)
PP A |\ (02— 1)™ ) 162 80,0262 (0% + 1)/ (64 — 1)
0=, 6=, 6= f2, 6y = s 17)

The inner part R..; and the outer part R.., of well pipe thermal resistance are calculated
according to the following formula:

o 11’1(‘1C,mic1 / dc,inn)
Req = T omh. (18)
In(de,0/dcmid)
Ry = ——oo/ Zemid) 1
c-2 27‘[)\C ( 9)
a2+ d2
dc,mid = %C,O (20)

In order to ensure the formal unity of the equations of the thermal resistance and
heat capacity model, the influence of the flow in the CO, tube on the heat transfer is also
expressed in the form of thermal resistance:

R, = 2% 1)
mcg

The flow equivalent thermal resistance between the lowermost CO, temperature node
of the downcomer and the riser is calculated by the following formula:

5(7”') +7S/2
m (Cf,A(ni) + Cf,B(m')) /2

Rma B = (22)

In order to characterize the influence of artificial well water circulation on heat transfer,
the equivalent flow thermal resistance R w in the vertical direction is added to the heat
transfer model of well water nodes, which is calculated by the following formula:

Az

Rmw = —— 23
= (23)
Other vertical thermal conductivities are calculated by the following formula:
(82)°
R, == 24
2= (24)

The pressure change in each CO; node can be calculated by the following formula [37]:

AP, + AP;, + AP, d
AP; = fg fa £F owncomer 25)
—APgg + APg, + APgp  riser
APyg = gpsAz (26)
2
m 1 1
Ara = <> ( - > 27)
Af Ptfin  Pfout
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m2Az

> (28)
2dgoe A

APp = —f

7

= Rey < 2300

f = Re;
2
£ = 0.06539 exp (_ (Refl;fg%) ) 2300 < Rey < 3400 (29)

0.95 1.108
1 9.26 18.35 6

Moreover, in order to characterize the significance of thermal short circuit, the dimen-

sionless coefficient 15 is defined:

Hout - Hf min
sc=—4H 45 (30)
T Hin - Hf,min

2.1.3. Simulation Parameter Setting

The cooling condition is simulated numerically. The inlet pressure of CO, is 10 MPa,
the inlet temperature is 100 °C, and the mass flow rate is 50 g/s. The initial ambient
temperature is set to 14.5 °C, the simulation duration is 120 h, and the time step is automat-
ically adjusted according to the convergence. Moreover, to further analyze the dynamic
influence of related parameters of insulation layer method on strengthening effect, the
parameter influence calculation of insulation layer thickness, thermal conductivity and
length is carried out. The SG and control groups for these parameters are listed in Table 1:

Table 1. SG and control group of the parameters of insulation method.

Parameter Unit SG Control Group
Insulation layer length m 30 10, 20, 40, 50
Insulation layer thickness mm 2 05,1,4
Thermal conductivity of insulation layer W/(m-K) 0.025 0.13,0.42

All other parameters remain identical to those of the SG mentioned previously, and

the simulation runtime is likewise 120 h.

2.2. Field Experiment
2.2.1. Experimental System

The schematic of the experimental system is shown in Figure 3. A 193 m deep water
well was drilled. To avoid any impact on the subsurface environment, the well is fully
enclosed, meaning that there is no exchange between the well water and the surrounding
groundwater. The heat exchanger is a single U-tube with a total depth of 135 m, and fixing
brackets are installed at approximately 3 m intervals along its length.

The geometric parameters of the BHE are listed in Table 2.

Table 2. Geometrical parameters of BHE.

Name Value Name Value Name Value
dp inn 8 mm dp,o 12 mm dcinn 263 mm
deo 273 mm Leen 160 mm L 135 m
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Figure 3. Schematic diagram of direct expansion CO, heat pump system.

The physical property parameters relevant to the experiment are presented in Table 3.

Table 3. Physical parameters of experiment [38,39].

Zone p kg/m? c J/(kg-K) A W/(m-K)
U-tube 8930 385 398.0
Well pipe 7872 481 64.9
Soil 1220 2070 1.5

The measurement error of the platinum resistance temperature sensors for the above-
ground CO, pipeline wall temperature is 0.1 °C, and the acquisition error of the paperless
recorder is +0.2%. The average experimental temperature difference between the inlet
and outlet is approximately 60.7 °C. Based on this, the measurement error Errypp for the
above-ground CO, pipeline wall temperature is calculated as

+0.1\2
Errrpp = i\/ ( 0 ) + (+0.002)% ~ +0.26% (31)

60.7

The measurement error of the pressure transmitter is £0.5%, and the measurement

error of the flow meter is +1%. Therefore, the total measurement error Errq for the heat
transfer rate of the BHE is calculated as

Errg = i\/ (40.0026)% + (£0.005)% + (£0.01)* = +1.15% (32)

2.2.2. Heat Transfer Model Validation

The geometric and thermophysical parameters used in the model are identical to those
of the experimental setup. For model validation, the initial temperature distribution of
well water and soil was set to the measured steady-state values prior to the start of each
experiment. This ensures that the simulation starts from the same initial conditions as
the experiment. Therefore, at T = 0, the simulated and experimental values coincide by
definition, which is reflected in Figure 4.
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Figure 4. Model validation result of cooling condition: heat transfer rate.

Figure 4 shows a comparison between the simulated and experimental results for the
CO;, outlet specific enthalpy and the heat transfer rate of the BHE under cooling conditions.
The results indicate a high degree of agreement between the simulations and experiments
for both specific enthalpy and heat transfer rate. The calculated mean absolute percentage
error (MAPE) and root mean square error (RMSE) for the heat exchanger’s heat transfer
rate are 2.29% and 2.49%, respectively.

3. Analysis of Natural Convection Impact on Heat Transfer

The backfilling of the borehole with well water enhances convective heat transfer. Nat-
ural convection, on one hand, reduces the overall thermal resistance between the CO, and
the surrounding soil. On the other hand, it can also intensify the thermal short-circuiting
between the legs of the heat exchange U-tube. To further quantify these two opposing
effects, three scenarios were designed for comparison with the standard group (SG) condi-
tion. The SG condition corresponds to the experimental case described earlier, where the
well is backfilled with water.

Case 1: Natural convection within the well water is neglected; only conductive heat
transfer is considered in the water.

Case 2: The well water is replaced with the same soil as in the SG condition. This
configuration, while retaining the same borehole geometry and U-tube arrangement, repre-
sents a soil-backfilled scenario within the same model framework, serving as a reference
for comparison rather than a direct representation of all conventional DX-GSHP designs.

Case 3: An insulation layer is added to the upward-flowing leg (rising pipe) of the
U-tube. Based on prior calculation results indicating that the thermal short-circuit effect is
more pronounced in the upper section of the exchanger, this insulation layer starts from
the top of the rising pipe. It has a length of 10 m and a thickness of 2 mm, as illustrated
in Figure 5.

A 120 h simulation was conducted for the three scenarios, as shown in Figure 6. The
results indicate that Case 1 exhibits the poorest heat transfer performance, followed by Case
2. In contrast, Case 3 shows a significant improvement in heat transfer rate compared to the
SG. Figure 7 provides a more intuitive visualization, demonstrating that the thermal short-
circuit effect at the top of the rising pipe is effectively mitigated in the insulation scenario.
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Figure 5. Layout of adding an insulation to the upper upward pipe.
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Figure 6. Change curves of unit heat flux under different scenarios.
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Figure 7. CO, enthalpy under different scenarios at the end of operation.
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Figure 8 compares the average unit-length heat flux and the thermal resistance Rp .
at the end of the operating period for the different scenarios. Calculations show that
compared to the SG, Rp_¢ increased by a factor of 13.2 for Case 1 and 5.6 for Case 2,
respectively. Conversely, Rp_. decreased by 16.2% for the scenario with the insulation layer.
Correspondingly, the average unit-length heat flux decreased by 33.3% for Case 1 and
14.9% for Case 2, respectively, compared to the SG. In contrast, the average SHER increased

by 24.3% for Case 3.
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Figure 8. Average unit heat flux and thermal resistance from U-pipe to well casing Ry, ¢ at the end of
operation under each scenario.

While Ry, ¢ reflects the overall heat transfer capability of the exchanger, further analysis
can be performed using the defined dimensionless thermal short-circuit coefficient #sc, as
shown in Figure 9. The results show that #sc is significantly lower for both Case 1 and Case
2 compared to the SG. This indicates that natural convection indeed intensifies the thermal
short-circuit effect. In contrast, Case 3 manages to alleviate the thermal short-circuit effect
while maintaining a low Ry _c. This achieves a better balance between reducing the overall
thermal resistance and mitigating the short-circuit effect, leading to a more significant
improvement in the heat transfer rate.
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Figure 9. Thermal short-circuit coefficient 5c at the end of operation under each scenario.
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In summary, under cooling conditions, natural convection within the well water
enhances the overall heat transfer capacity of the direct-expansion CO, BHE, while si-
multaneously intensifying the thermal short-circuit effect between the legs of the U-tube.
However, its positive role in enhancing heat transfer is more dominant. Furthermore,
adding an insulation layer to the outer wall of the upper section of the rising pipe can
effectively weaken the thermal short-circuit effect while maintaining a relatively low total
thermal resistance, leading to a further increase in the heat transfer rate.

4. Enhanced Heat Transfer Design

4.1. Heat Transfer Enhancement Using the Insulation Layer Method
4.1.1. Influence of Insulation Length

As shown in Figure 10, adding insulation layers of various lengths can all significantly
increase the heat transfer rate. Notably, when the insulation length is 30 m or greater, the
heat transfer rate essentially ceases to increase with further length. The calculated average
heat transfer rate improvements over the entire operating period for the 10-50 m insulation
groups, compared to the group without insulation, are 24.3%, 31.9%, 34.3%, 34.1%, and
32.2%, respectively (no change needed, but ensure consistent decimal format). Figure 11
illustrates the variation in CO; specific enthalpy along the flow path for each group. For the
10 m and 20 m groups, it is evident that the enthalpy rise caused by thermal short-circuiting
is effectively suppressed once the CO; enters the insulated section of the pipe. The #sc
values for the 10-50 m groups are 0.22, 0.14, 0.11, 0.12, and 0.13, respectively, showing a
significant reduction compared to the value of 0.41 for the group without insulation.

Insulation layer length (m): "=None ¢ 10 A 20 e 30 x40 + 50
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Figure 10. Change curves of unit heat flux under different insulation lengths. The standard group is
underlined for comparison with other groups.

It is noteworthy that the average heat transfer rates for the 40 m and 50 m groups are
actually lower than that of the 30 m group. This indicates that extending the insulation
beyond approximately 40 m has a detrimental effect on heat transfer. This phenomenon can
be explained by the temperature distribution within the well for the case without insulation,
as shown in Figure 12.
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Figure 11. CO, enthalpy under different insulation lengths at the end of operation. The standard
group is underlined for comparison with other groups.
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Figure 12. Distribution of CO, and well water temperature without insulation at the end of operation.

It can be observed that, at depths greater than approximately 35 m, the temperature of
the CO, within the rising pipe is lower than that of the surrounding well water. This means
that the CO; in the rising pipe between 35 m and 50 m depth is still capable of releasing
heat. Therefore, adding insulation to this section would, conversely, reduce the overall
heat transfer. For the specific design conditions considered here, balancing heat transfer
performance and cost, a recommended insulation length is suggested to be in the range of
20-30 m.

4.1.2. Influence of Insulation Thickness

As shown in Figure 13, even adding a very thin insulation layer of 0.2 mm provides
a significant effect in mitigating thermal short-circuiting. This is because its thermal
resistance is approximately 0.2 m-K/W, which is about 1287 times greater than that of the
heat exchange pipe itself. The calculated average heat transfer rate improvements over
the entire operating period for insulation thicknesses of 0.2—4 mm, compared to the case
without insulation, are 23.3%, 29.8%, 32.6%, 34.3%, and 35.1%, respectively. It is evident that
once the insulation thickness exceeds 1 mm, the rate of improvement in heat transfer with
increasing thickness becomes very small. Figure 14 presents the variation in CO;-specific
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enthalpy along the flow path at the end of the operating period for each group. The #sc
values for the 0.2-4 mm groups are 0.22, 0.16, 0.13, 0.11, and 0.10, respectively.
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Figure 13. Change curves of unit heat flux under different insulation thicknesses. The standard group
is underlined for comparison with other groups.
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Figure 14. CO; enthalpy under different insulation thicknesses at the end of operation. The standard
group is underlined for comparison with other groups.

4.1.3. Influence of Insulation Thermal Conductivity

In the parameter sets for insulation thermal conductivity, values of 0.025 W/(m-K),
0.13 W/(m-K), and 0.42 W/ (m-K) correspond to typical values for polyurethane, polyvinyl
chloride (PVC), and high-density polyethylene, respectively. As shown in Figure 15,
it can be observed that even without using conventional high-performance insulation
materials, simply adding a layer of common plastic pipe around the heat exchange tube can
significantly enhance the heat exchanger’s performance. Calculations show that, compared
to the case without insulation, the groups with thermal conductivities of 0.025 W /(m-K),
0.13 W/(m-K), and 0.42 W/(m-K) achieve average heat transfer rate improvements of
34.3%, 27.5%, and 17.1%, respectively.
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Figure 15. Change curves of unit heat flux under different insulation thermal conductivities. The
standard group is underlined for comparison with other groups.

Figure 16 shows the variation in CO; specific enthalpy along the flow path for each
group at the end of the operating period. The corresponding #sc values for the groups
with thermal conductivities of 0.025 W/(m-K), 0.13 W/(m-pK), and 0.42 W/(m-K) are 0.11,
0.18, and 0.28, respectively.
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Figure 16. CO; enthalpy under different insulation thermal conductivities at the end of operation.
The standard group is underlined for comparison with other groups.

4.2. Heat Transfer Enhancement Using the Artificial Well-Water Circulation Method

Although the insulation layer method can provide significant enhancements for cool-
ing operation, it may have a detrimental effect on heating performance. This is because
thermal short-circuiting is not a concern during heating, and the insulation layer would add
unnecessary thermal resistance. One solution is to branch off an uninsulated pipe of the
same size from the rising pipe at the bottom of the insulated section, dedicated to heating
operation. Another approach is the artificial well-water circulation method. As illustrated
in Figure 17, a small circulation pump is used to inject high-temperature water from the
top layer of the well into the bottom layer through an insulated pipe. This promotes a more
uniform vertical temperature distribution in the well water, which also helps to mitigate
thermal short-circuiting and increase the heat exchange rate.
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Figure 17. Layout of artificial well-water circulation method.

Compared to the passive optimization of the insulation method, this approach belongs
to active optimization, thus offering greater flexibility for control and optimization. To
investigate the dynamic influence of different design and operational parameters on the
enhancement effect of the artificial circulation method, a parametric study was conducted
focusing on injection depth, injection flow rate, and injection interval. The standard values
and control groups for these parameters are listed in Table 4. For the injection interval,
the control groups include intervals of 5, 10, 20, 40, and 80 min, which are used for the
parametric analysis of heat transfer performance. In addition, to evaluate the equivalent
COP over a wider range, longer intervals (160, 320, and 640 min) are also considered in
Section 4.2.4.

Table 4. SC and control group of the parameters of artificial well-water circulation method.

Parameter Unit SG Control Group

Injection depth m 20 5,10, 35, 50
Injection flow rate m3/h 0.5 0.05,0.1,0.2,1
Injection interval (parametric study) min 0 5, 10, 20, 40, 80

Here, an injection interval of 0 min represents continuous injection throughout the
entire operation period. All other parameters are identical to those of the SG in the previous
section, and the simulation runtime is likewise 120 h.

It is noteworthy that, beyond balancing water temperature, the injection flow itself
may influence heat transfer by inducing forced convection, potentially resulting in mixed
convection. According to a general criterion [40], the effect of natural convection cannot
be neglected when Gr/ Re? > 0.1, and heat transfer can be considered as purely natural
convection when Gr/Re? > 10. For this case study, using the maximum injection flow
rate group for calculation, the minimum Gr across all layers is approximately 1.57 x 10,
yielding Gr/Re? ~ 86.6. This global criterion suggests that natural convection remains
dominant over the majority of the well water domain.

However, it is important to acknowledge that the injection process generates a lo-
calized momentum disturbance, particularly near the discharge point, where the flow
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regime may deviate from the global average. In the immediate vicinity of the injection
outlet, forced convection effects are more pronounced, and a mixed convection regime may
exist locally. Nevertheless, the spatial extent of this region is limited relative to the overall
height of the well (135 m), and the thermal resistance associated with this localized region
is small compared to the total thermal resistance of the well water column. Therefore,
treating the entire well water domain as pure natural convection remains a reasonable
approximation for the purpose of this study. This approach avoids the high computational
cost of CFD simulations while providing sufficiently accurate results for engineering design
and parametric analysis, as validated by the good agreement between model predictions
and experimental measurements (Section 2.2.2).

4.2.1. Influence of Injection Depth

As shown in Figure 18, it can be seen that the artificial well-water circulation method
also provides significant enhancement to heat transfer, and the heat transfer rate increases
with greater injection depth. Calculations show that for the average heat transfer rate over
the entire operating period, the 5-50 m injection depth groups achieved improvements
of 12.0%, 21.7%, 34.4%, 48.0%, and 50.5%, respectively, compared to the group without
artificial circulation. When the injection depth exceeds 35 m, the rate of improvement in
heat transfer essentially stops increasing with further depth. Therefore, for this design
scenario and considering only the heat transfer enhancement effect, 35 m is recommended
as the preferred injection depth based on parametric analysis.
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Figure 18. Change curves of unit heat flux under different water injection depths. The standard
group is underlined for comparison with other groups.

As shown in Figure 19, the influence of artificial water injection on well water temper-
ature can be clearly observed. At the injection outlet, due to the influx of warmer water
from the upper layers, the local temperature increases significantly. Under the effect of
artificial circulation, the overall temperature of the well water decreases with increasing
injection depth. Even with an injection depth of only 5 m, the temperature at the very top
layer of water can be significantly reduced from 71.6 °C (without circulation) to 57.6 °C.

Figure 20 shows the variation in CO; specific enthalpy along the flow path for each
group at the end of the operating period. The #sc values for the 5-50 m injection depth
groups are 0.34, 0.27, 0.19, 0.13, and 0.08, respectively. These results indicate that the
severity of the thermal short-circuit effect decreases significantly with increasing injection
depth. When water is injected from the very bottom of the heat exchanger, the thermal
short-circuit effect is almost eliminated.
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Figure 19. Vertical temperature of well water under different water injection depths at the end of
operation. The standard group is underlined for comparison with other groups.
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Figure 20. CO; enthalpy under different water injection depths at the end of operation. The standard
group is underlined for comparison with other groups.

4.2.2. Influence of Injection Flow Rate

As shown in Figure 21, even with a low injection flow rate of 0.05 m3/h, a relatively
significant enhancement in heat transfer is observed. When the flow rate reaches 1 m3/h,
the resulting heat transfer rate shows almost no difference compared to the 0.5 m3/h
group. Therefore, for this specific design scenario and considering only the heat transfer
enhancement effect, 0.5 m®/h is recommended as the preferred injection flow rate based on
parametric analysis. The calculated average heat transfer rate improvements over the entire
operating period for flow rates of 0.05 m®/h to 1 m?/h, compared to the group without
artificial circulation, are 13.3%, 21.6%, 29.4%, 34.4%, and 35.3%, respectively.

As shown in Figure 22, the influence of artificial water injection on well water temper-
ature can be clearly observed. At the injection outlet, due to the influx of warmer water
from the upper layers, the local temperature increases significantly. Under the effect of
artificial circulation, the overall temperature of the well water decreases with increasing
injection flow rate. Even with a flow rate of only 0.05 m®/h, the temperature at the very top
layer of water can be significantly reduced from 71.6 °C (without circulation) to 57.6 °C.
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Figure 21. Change curves of unit heat flux under different injection flow rates. The standard group is
underlined for comparison with other groups.
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Figure 22. Vertical temperature of well water under different injection flow rates at the end of
operation. The standard group is underlined for comparison with other groups.

Figure 23 shows the variation in CO; specific enthalpy along the flow path for each
group at the end of the operating period. These results demonstrate that the severity of the
thermal short-circuit effect decreases with increasing injection flow rate, as a higher flow
rate promotes more effective mixing and temperature equalization within the well water.
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Figure 23. CO; enthalpy under different injection flow rates at the end of operation. The standard
group is underlined for comparison with other groups.
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4.2.3. Influence of Injection Interval

Due to the high thermal capacity of the well water, a certain amount of time is required
for its temperature to rise. Therefore, an intermittent operation strategy can be employed:
water is injected for a period, followed by an idle period, and this cycle is repeated to reduce
pump energy consumption. For all simulated groups, except for the case of continuous
injection, each injection event lasted for 5 min.

As shown in Figure 24, for the groups with injection intervals of 40 min and 80 min,
a clear fluctuation in the heat transfer rate is observable. The heat transfer rate increases
rapidly when artificial circulation is activated and gradually decreases when it is stopped.
Calculations of the average heat transfer rate over the entire operating period show that
the groups with injection intervals ranging from 0 min (continuous) to 80 min achieved
improvements of 34.4%, 31.1%, 27.6%, 21.4%, 14.1%, and 8.2%, respectively, compared to
the group without artificial circulation.
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Figure 24. Change curves of unit heat flux under different injection intervals. The standard group is
underlined for comparison with other groups.

In Figure 25, it can be observed that a shorter injection interval leads to a more balanced
temperature distribution in the well water above the injection depth, resulting in a better
heat transfer enhancement effect.
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Figure 25. Vertical temperature of well water under different injection intervals at the end of operation.
The standard group is underlined for comparison with other groups.
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Overall, in terms of its potential for enhancing heat transfer, the artificial well-water
circulation method demonstrates greater potential than the insulation layer method. Fur-
thermore, it allows for targeted optimization of control strategies during operation, based
on actual loads and heat transfer characteristics.

4.2.4. Equivalent COP Analysis

To evaluate the economic viability of the artificial circulation method over a broader
range of operating strategies, the equivalent COP was analyzed not only for the injection
intervals listed in Table 4 (0 to 80 min), but also for longer intervals (160, 320, and 640 min).
This extended set allows for a clearer observation of the trend in equivalent COP as the
injection interval increases.

Since this method introduces new power-consuming equipment (the pump), its eco-
nomic viability is further assessed by calculating an equivalent COP. The equivalent COP
is obtained by dividing the increase in heat transfer rate (compared to the case without
artificial circulation) by the pump’s electrical power consumption. If this equivalent COP
is higher than the unit COP of a conventional direct expansion CO, heat pump, it indicates
that the artificial circulation method not only improves heat transfer but also offers favor-
able economic performance. It is important to clarify that the equivalent COP defined here
is not the overall system COP of the heat pump. Rather, it is a marginal efficiency metric
that quantifies the additional heat transfer gained per unit of electrical energy consumed
by the circulation pump. It is calculated as

COP = Qw1th circulation Qw1thout circulation (33)

p pimp

Taking an injection depth of 5 m as an example, a head of 6 m (1.2 times the depth)
was specified, and a Grundfos UPS 25-62K circulation pump (Grundfos Holding A/S,
Bjerringbro, Denmark) was selected. According to the pump’s performance curve, this
pump delivers a flow rate of 0.5 m3/h at the required 6 m head under the selected operating
condition, with a corresponding power consumption of 115 W. Since the injection interval
significantly affects both energy consumption and heat transfer, comparative simulations
of equivalent COP and heat transfer rate were conducted for different injection intervals.
The operating conditions were identical to those of the SG in the previous section.

As shown in Figure 26, the calculation results indicate that even with the circulation
pump operating continuously, the average equivalent COP can reach 7.4. This is already
significantly higher than the typical unit COP of a conventional direct expansion CO,
heat pump. When intermittent injection is employed with intervals less than 160 min,
the equivalent COP increases with the interval duration, reaching a maximum of 52.5.
This is because the percentage reduction in heat transfer rate is lower than the percentage
reduction in pump operating time. However, when the interval reaches 640 min, the
enhancement effect of artificial circulation on the heat transfer rate becomes very weak,
causing the equivalent COP to begin decreasing.

In summary, the equivalent COP of the artificial well-water circulation method is
significantly higher than the unit COP of a conventional direct expansion CO, heat pump.
During operation, the injection-intermittent control strategy can be optimized based on
actual conditions to achieve the best balance between heat transfer performance and pump
energy consumption.
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Figure 26. Equivalent COP and increase ratio of heat exchange rate under different injection intervals.

5. Conclusions

This paper first established a TRCM suitable for direct expansion CO, BHE and vali-
dated its accuracy through experiments. Subsequently, by establishing different scenarios,
it quantitatively analyzed the dual role (positive and negative) of natural convection in
well water on the heat transfer performance of the system. Following this, targeting the
characteristics of the thermal short-circuit effect, two methods—the insulation layer method
and the artificial well-water circulation method—were proposed to further enhance the
heat exchanger’s performance. The main conclusions are as follows:

(1) Natural convection within the well water enhances the overall heat transfer capacity
of the exchanger while simultaneously intensifying the thermal short-circuit effect
between the legs of the heat exchange U-tube. However, its positive effect on heat
transfer enhancement is more dominant. Compared to the soil-backfilled scenario
(Case 2) defined within the same model framework-which serves as a representative
reference for a conventional direct expansion CO, ground-coupled heat exchanger
under the conditions considered-employing the water-backfilled BHE configuration
(SG) increases the heat transfer rate by 14.9%.

(2) Adding an insulation layer to the upper section of the rising pipe can effectively
mitigate the thermal short-circuit effect and increase the heat transfer rate. Com-
pared to the case without insulation, the average heat transfer rate improvement
can reach up to 35.1%. Furthermore, the insulation length is not “the longer, the
better”. Excessively long insulation can adversely affect the normal heat exchange
at the bottom of the rising pipe, thereby reducing the total heat transfer rate. For the
design conditions considered in this study, balancing heat transfer performance and
cost, a recommended insulation length is suggested to be in the range of 20-30 m.

(3) Artificially circulating the well water promotes a more uniform vertical temperature
distribution within the well. This also helps to alleviate thermal short-circuiting and
enhances heat transfer. Compared to the case without artificial circulation, employing
the artificial well-water circulation method can increase the average heat transfer
rate by up to 50.5%. Moreover, its equivalent COP can reach 7.4 under continuous
injection operation and up to 52.5 under intermittent injection operation. These results
demonstrate that this enhancement method achieves a favorable balance between
heat transfer enhancement and pump energy consumption.

Future work could employ computational fluid dynamics (CFD) or localized temper-
ature and velocity measurements to further characterize the flow field near the injection
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point, which would provide a more detailed understanding of the mixed convection regime
and could inform further refinements of the model.
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Nomenclature

Symbols

A horizontal cross-sectional area of the control body where the node is located (m?)
c specific heat capacity (J-kg~1-K~1)

Dw well hydraulic diameter (m)

Gr Grashof number

H specific enthalpy (J-kg™!)

l length (m)

L depth (m)

Lcen U-tube Shank Spacing (m)

m mass flow rate (kg~s_1)

Nu Nusselt number of convective heat transfer
Pr Prandtl number

R thermal resistance (K-W~1)

Ra Rayleigh number

Re Reynolds number

S center distance between two branches of U-shaped pipe (m)
T temperature (K)

T time (s)

A thermal conductivity (W-m~ Lk 1

0 density (kg:m~3)

1 thickness (mm)

1 dynamic viscosity (Pa-s)

B coefficient of cubic expansion (k1)

v kinematic viscosity (m?-s~1)

APgg gravity pressure variation term (Pa)
APg, accelerated pressure change term (Pa)
APy friction pressure change term (Pa)
Abbreviate

BHE borehole heat exchanger

cor coefficient of performance

DX Direct expansion

GSHP Ground source heat pump

MAPE Mean absolute percentage error

pPVC polyvinyl chloride

https://doi.org/10.3390/en19092015
128



Energies 2026, 19, 2015

RMSE Root mean square error

SHER specific heat exchange rate

SG standard group

TRCM thermal resistance and capacity model

Subscripts

A,B downcomer, riser

c well pipe

f CO,

i index along the vertical direction in the TRCM

INJ injection

inn, o inner wall surface of the pipe, outer wall surface of the pipe
ins insulating layer

ini initial temperature (°C)

in, out entrance, exit

-1,-2 inner part of the thermal resistance, outer part of the thermal resistance
m equivalent thermal resistance of CO, flow

mid equivalent diameter corresponding to the central point of heat capacity action
min minimum value

ns number of soil radial segments in the TRCM

s soil radial segment index in the TRCM

P U-tube

S soil

w water

z vertical direction
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Abstract

The rapid increase in memory power density has made memory thermal management a crit-
ical challenge in high-density servers, where extremely limited DIMM spacing significantly
reduces the effectiveness of air cooling. Compared with CPUs and GPUs, memory-level
liquid cooling has received less systematic study, particularly regarding the influence of
cold plate structural design on thermal and hydraulic performance under realistic server
conditions. In this paper, three engineering-feasible memory liquid cooling solutions
(water-flowing cold plate, clamp-type cold plate and heat-pipe-based cold plate) are ex-
perimentally compared on a high-density server system. Experiments are conducted at
coolant inlet temperatures of 37-50 °C with a fixed flow rate of 0.8-1.5 L /min. Memory,
CPU, and voltage regulator temperatures, as well as system pressure drop, are measured.
Results show that memory temperature increases with coolant inlet temperature for all con-
figurations, while their relative performance remains unchanged. Memory temperatures
range from 62.04 to 71.13 °C, 57.65 to 66.98 °C, and 66.22 to 76.07 °C, with corresponding
pressure drops of 24.19-26.69 kPa, 32.73-35.98 kPa, and 27.00-29.96 kPa. These results
provide insight into the role of coolant distribution and flow-path topology in memory
thermal performance.

Keywords: liquid-cooled server; data center; high-density server; memory liquid cooling

1. Introduction

With the rapid growth of large-scale artificial intelligence model training, scientific
computing, cloud workloads, and database applications [1], computing systems have
continued to evolve toward higher bandwidth, higher capacity, and higher density [2].

Significant improvements in bandwidth and access latency have made DDR5 memory
a key enabler of server performance scaling [3]. However, under high-frequency operation,
the operating current and power consumption of DDR5 memory modules are substantially
increased, resulting in a heat flux density that is approximately 30 to 60 percent higher than
that of the DDR4 generation [4]. When multiple DDR5 modules are deployed in parallel,
the power consumption of a single module can reach 12 to 18 W, while high-performance
registered DIMMs can exceed 20 W [5]. In typical dual-socket or quad-socket servers, the
combined thermal load generated by 16 to 32 memory modules operating simultaneously
becomes non-negligible [6]. As a result, the memory subsystem has gradually emerged as
a critical component in the thermal management of high-density servers [7].

Unlike CPUs or GPUs, memory modules exhibit inherent geometric disadvantages for
heat dissipation. DDR5 memory chips are arranged in dense arrays on a single DIMM, and
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the spacing between adjacent DIMMs is typically less than 7.6 mm, which is much smaller
than the characteristic dimensions of CPU cooling regions [8]. Such confined spacing
significantly restricts convective pathways [9] and increases local flow resistance, making
effective heat transfer difficult to achieve with air cooling under high-load conditions [10].
Previous studies have shown that when memory temperatures exceed 85 °C, error rates
increase exponentially, particularly under high-frequency refresh modes, where device
behavior becomes more sensitive [11]. In addition, temperature fluctuations accelerate
thermomechanical fatigue, which shortens the service life of memory modules [12]. As
server power density continues to increase, the limitations of conventional air cooling in
managing memory thermal loads have become increasingly evident and are a key factor
constraining system reliability and performance stability [13].

In parallel with the rapid increase in server power density, data centers have under-
gone a structural transition from traditional air-cooled architectures toward hybrid and
fully liquid-cooled systems [14]. Direct-to-chip and cold plate-based liquid cooling have
been increasingly adopted at the processor level to accommodate the rising thermal design
power of CPUs and GPUs, while simultaneously reducing fan power consumption and
improving overall energy efficiency [15]. At the system scale, liquid cooling enables higher
rack-level power density, relaxed airflow constraints, and more flexible thermal zoning
compared with conventional air-cooled designs [13]. As a result, liquid cooling is no longer
limited to extremely high-performance computing platforms but is progressively being
deployed in mainstream enterprise and cloud servers.

Despite this transition, the memory subsystem has largely remained air-cooled, even
as its power density and thermal sensitivity continue to increase [16]. This mismatch
between processor-level liquid cooling and memory-level air cooling leads to localized
thermal bottlenecks and limits the effectiveness of system-level thermal optimization [17].
Consequently, extending liquid cooling to the memory subsystem is becoming a necessary
step for achieving balanced thermal management in next-generation high-density servers.

Liquid cooling is regarded as one of the most promising thermal management tech-
nologies for high-heat-flux electronic systems due to its high heat transfer coefficient, large
thermal capacity, and ability to remove substantial heat with minimal temperature differ-
ences [18]. In CPU, GPU, and system-level liquid cooling architectures, the effectiveness
and energy-efficiency advantages have been well demonstrated, thereby reducing data
center power usage effectiveness [19]. However, compared with processors, liquid-cooled
memory remains in an early stage of research and industrial application. This is primarily
attributed to several factors. First, the spacing between memory modules is minimal, which
makes the layout of conventional cold plates difficult [20]. Second, memory modules are
frequently replaced, which requires good assembly compatibility and modular design [21].
Third, liquid cooling pathways must be designed to avoid adverse impacts on the thermal
management of voltage regulators, power-delivery components, and surrounding de-
vices [22]. Fourth, cold plate structures must balance thermal performance, flow resistance,
cost, and manufacturing complexity [23].

In recent years, only a limited number of studies have investigated the use of cold
plates combined with flexible tubing for DIMM cooling [24]. However, most of these
approaches rely on serial coolant flow configurations [25], which causes the coolant tem-
perature to increase progressively along the flow path. As a result, the temperatures of
downstream DIMMs remain consistently higher than those of upstream modules [14]. Some
studies have proposed parallel flow strategies to improve temperature uniformity [26].
Nevertheless, challenges remain regarding flow distribution, structural arrangement, and
manufacturing complexity [27]. In addition, other studies have explored the incorporation
of phase change materials, heat pipes, and vapor chambers to enhance temperature uni-
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formity [28]. However, the actual flow resistance, pressure requirements, and long-term
reliability of these approaches in high-density server environments have not yet been
systematically validated [29].

Given the challenges discussed above, this study uses a realistic high-density server
system. It focuses on the thermal management of DDR5 memory and proposes three liquid
cooling structures suitable for engineering deployment. Compared with conventional
studies that primarily focus on microchannel parameters, flow path configurations, or the
thermal performance of a single cold plate, this work makes several distinct contributions.

An experimental platform with controllable coolant temperature, flow rate, pressure
drop, and airflow conditions is established, enabling the coupled thermal behavior of DDR5
memory, CPUs, and voltage regulator modules to be systematically measured. The three
cooling structures are comprehensively compared with respect to thermal performance,
temperature uniformity, hydraulic characteristics, cost and weight considerations, and
system-level thermal coupling, thereby revealing the mechanisms by which structural
design influences practical cooling performance. Finally, the scalability and deployment po-
tential of liquid-cooled memory structures for future high-power DDR5 and DDR6 memory
systems are discussed to guide modular liquid cooling design in data centers. The results of
this study give systematic experimental evidence and clear structure-performance relation-
ships for optimizing memory liquid cooling in high-density servers, thereby supporting
the large-scale adoption of memory liquid cooling in practical data center applications.

2. Experimental System Design
2.1. Memory Liquid Cooling Structures

To compare the cooling effectiveness of different liquid cooling structures for DDR5
memory in high-density servers, three cold plate designs with practical engineering fea-
sibility were designed and fabricated in this study. These include a water-cooled cold
plate, a clamp-type cold plate, and a heat-pipe-based memory liquid cooling structure. The
three designs differ substantially in flow channel configuration, heat transfer pathways,
manufacturing processes, and assembly methods. The geometric configurations of the
three memory liquid cooling structures are illustrated in Figure 1.

Figure 1 presents schematic diagrams of three memory liquid cooling configurations:
the clamp-type memory liquid cooling structure (mode 1), the water-flowing memory
liquid cooling structure (mode 2), and the heat-pipe-based memory liquid cooling structure
(mode 3). These three designs differ significantly in structural layout, heat-transfer path-
ways, and coolant routing, corresponding to distinct thermal performance characteristics
and engineering application scenarios.
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Figure 1. Schematic diagrams of the three memory liquid cooling configurations. (a) Clamp-type cold

plate for memory liquid cooling (mode 1). (b) Water-flowing cold plate for memory liquid cooling
(mode 2). (c) Heat-pipe-based cold plate for memory liquid cooling (mode 3).

The clamp-type memory liquid cooling structure (mode 1) comprises two symmet-
rically arranged high-thermal-conductivity metal clamping plates. Ultra-thin flattened
heat pipes are embedded on the inner surfaces of the clamping plates, and the assembly
is secured on both sides of the DIMM using an elastic clamping mechanism. This struc-
ture is compatible with memory modules from different manufacturers and specifications,
providing good assembly adaptability. Thermal interface pads are applied between the
memory chips and the clamping plates to reduce interfacial thermal resistance. The heat
transfer path follows a multi-stage process involving a vapor chamber, heat pipes, and
water-flowing cold plates. Heat generated by the memory chips is first spread laterally
within the vapor chamber and then rapidly transferred through U-shaped heat pipes to
water-cooling channels on both sides, where it is dissipated. Owing to the high effective
thermal conductivity of the heat pipes, low flow resistance and good temperature uni-
formity are achieved on the coolant side. However, under high heat-flux conditions, the
cooling capacity may be constrained by heat-transfer limits or by dry-out in the heat pipes.

The water-flowing, memory liquid cooling structure (mode 2) employs a composite
design comprising stainless-steel coolant channels and an internal flow distributor. The
cold plate body is typically manufactured from an aluminum alloy, and multiple coolant-
flow channels are formed by precision computer numerical control machining. The coolant
flows directly through regions corresponding to the memory chips. Thermal interface pads
are placed between the heat sink and the DIMM to enhance thermal contact between the
chips and the cold plate. A key feature of this structure is the direct or near-direct contact
between the coolant channels and the memory chips, which significantly shortens the
heat transfer path and reduces thermal resistance. Due to the relatively short flow paths,
the coolant temperature rise along the channels is limited, thereby reducing temperature
differences among chip locations and leading to a more uniform temperature distribution
across the memory module. As a result, high cooling efficiency is achieved under high
power-density and rapid thermal-response conditions.
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The heat-pipe-based memory liquid cooling structure (mode 3) collects and transfers
heat generated by the memory chips to a centralized water-flowing cooling region via flat
heat pipes mounted on one or both sides of the DIMM. Effective thermal coupling between
the memory chips and the evaporator sections of the heat pipes is achieved using thermal
interface pads or metal contact structures. Heat is rapidly conducted through the heat
pipes to the condenser sections and is ultimately dissipated via heat exchange with the
coolant. In this configuration, the combination of heat pipes and coolant channels forms
a compact installation structure that facilitates assembly and maintenance. Compared
with direct water cooling, coolant routing is simplified, and flow resistance is reduced.
However, the thermal performance of this structure is also limited by the heat-transfer
capacity of the heat pipes, and performance bottlenecks may occur under extremely high
heat-flux conditions.

To further illustrate the operation of the internal flow channels, Figure 2 shows the
experimental setup for the three memory liquid cooling configurations installed on the

server platform.

Figure 2. Experimental setup of the three memory liquid cooling configurations. (a) Clamp-type cold
plate for memory liquid cooling (mode 1). (b) Water-flowing cold plate for memory liquid cooling
(mode 2). (c) Heat-pipe-based cold plate for memory liquid cooling (mode 3).
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2.2. Thermal Coupling Layout of the Memory and CPU Regions

The DDR5 DIMM chip arrangement is highly compact. The spacing between adjacent
memory chips is approximately 7.5 mm. In comparison, the typical gap between two
DIMMs is only about 4 mm. This constrained space not only severely limits air convection
but also imposes strict constraints on cold plate design. The cold plate must cover the
chip surfaces without interfering with DIMM insertion and removal, and it must avoid
interference with voltage regulator modules, airflow paths, and CPU cold plates. To
reproduce thermal coupling among multiple heat sources in a realistic server environment,
a test platform is built on a server node. For all three memory liquid cooling configurations,
a serial coolant-routing strategy is adopted, in which the coolant first flows through
the memory region and then enters the CPU cold plate. This arrangement is selected
because DDR5 modules are more temperature-sensitive under high-bandwidth operating
conditions, and prioritizing memory cooling improves overall system stability. In addition,
a dedicated cooling channel is designed for the voltage regulator region, where liquid
cooling is applied to ensure stable operation of the VR modules.

2.3. Liquid Cooling Loop and Experimental Platform

A closed-loop liquid cooling system is used in the experiments. The system consists
of a circulation pump, a plate heat exchanger, a temperature-controlled cooling source,
a flow meter, differential pressure sensors, a temperature acquisition module, and insu-
lated piping. The experimental system can supply coolant at temperatures accurately
controlled between 25 °C and 55 °C. The maximum cooling capacity of a single node is
8000 W, and a vapor compression refrigeration cycle is used to ensure stable cooling for
the server. The test system is connected to the server cold plates using quick-disconnect
couplings. The schematic diagram and the experimental setup of the system are shown in
Figures 3 and 4, respectively.
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Figure 4. Experimental setup of the server liquid cooling test platform.

A 25% glycol-water solution provides adequate corrosion protection and good ma-
terial compatibility for server liquid cooling loops. It also maintains stable viscosity and
acceptable hydraulic performance under the tested temperature range. Accordingly, a
25% glycol-water solution is used as the coolant. The coolant inlet temperature is set
to 37 °C, 40 °C, 45 °C, and 50 °C, while the flow rate is fixed at 1.0 L/min. All experi-
ments are conducted in a temperature-controlled chamber maintained at 25 °C to minimize
external disturbances.

2.4. Temperature and Flow Measurement System

To accurately determine the temperature distribution in DDR5 memory chips, this
study employs two measurement methods. These include surface-mounted thermocouples
and the internal temperature registers integrated within the DIMMs. All thermocouples
are calibrated in a constant-temperature bath, yielding a nominal accuracy of £0.2 °C. The
thermocouples are attached to the top surfaces of the memory chips using high-temperature
adhesive to minimize variations in contact thermal resistance. Coolant flow rate and
pressure drop are measured using high-precision sensors. The measurement locations
and sensor specifications are summarized in Table 1. The arrangement of temperature
measurement points on the DDR5 chips is illustrated in Figure 5.
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Figure 5. Layout of temperature measurement points on the DDR5 chips.
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Table 1. Sensor locations and accuracy specifications for temperature, flow rate, and pressure drop

measurements.
Measurement Location Sensor Type Accuracy Range
DDR5 front die T-type surface-mounted thermocouple +0.2°C 0.0~100.0 °C
DDR5 middle dies T-type surface-mounted thermocouple +0.2°C 0.0~100.0 °C
DDR5 rear die T-type surface-mounted thermocouple +0.2°C 0.0~100.0 °C
DIMM temperature register Integrated module temperature sensor +0.2°C 0.0~100.0 °C
CPU hotspot Motherboard digital temperature sensor +0.2°C 0.0~100.0 °C
Voltage regulator module Motherboard digital temperature sensor +0.2°C 0.0~100.0 °C
Coolant inlet temperature Pt100 resistance temperature probe +0.1°C 0.0~150.0 °C
Coolant outlet temperature Pt100 resistance temperature probe +0.1°C 0.0~150.0 °C
Flow rate Coriolis mass flow meter £0.05 L/min 0.6~10.0 L/min
Pressure drop Differential pressure sensor FS +0.1% 2.00~200.00 kPa

2.5. Experimental Conditions

A total of 12 operating conditions is designed, comprising three cold plate configura-
tions and four coolant inlet temperatures. Each condition is tested three times. Steady-state
operation is defined as a temperature variation of less than 0.2 °C within 30 min. After
the steady state is reached, data is recorded for 20 min and averaged. The experimental
condition matrix is summarized in Table 2. During all experiments, each DDR5 DIMM
operated at a steady electrical power of 13.85 W, resulting in a total memory heat load of
332.4 W per node. The same memory workload and power level were maintained across
all cooling configurations to ensure consistent thermal boundary conditions.

Table 2. Uncertainty assessment of measured parameters.

Combined Uncertainty (95%

Measured Quantity Main Sources of Uncertainty Individual Uncertainty Confidence Level)
Thermocouple calibration
DDR5 chip temperature CITot; Sensor placement +0.2 °C; +£0.3 °C +0.36 °C
deviation; interface heat
transfer variation
SPD module temperature Accuracy of the internal +1°C +1°C
register sensor
CPU temperature Motherboard digital sensor +1°C +1°C
VR temperature Motherboard SENSOT Errot, +1°C +1.1°C
local airflow fluctuation
Flow rate Mass flow meter accur'acy; +1% full scale; +0.01 L/min +0.02 L/min
pump speed fluctuation
Pressure drop Differential pressure sensor +0.5 kPa +0.5 kPa
error; zero drift
Temperature difference Temperature difference
Coolant heat absorption uncertainty; flow rate p 1025 °C +3%

uncertainty

2.6. Uncertainty Assessment

To verify the reliability of the measured data, the uncertainties associated with tem-
perature, flow rate, pressure drop, and coolant heat absorption are evaluated using the
error-propagation method. A heat balance between the electrical input power and the heat
absorbed by the coolant is used for cross-validation. The typical deviation is within £3
percent, which indicates that the overall experimental system is reliable. The combined
uncertainty results are summarized in Table 2.
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3. Results

This section presents a comprehensive analysis of the thermal performance of the
three cold plate configurations under different operating conditions, including temperature
control capability, temperature uniformity, hotspot distribution, coupled temperatures
of the VR and CPU regions, pressure drop characteristics, and system-level heat balance
consistency. Unless otherwise specified, all experiments are conducted at a flow rate of
1.0 L/min and an ambient temperature of 25 °C.

To facilitate heat-load-normalized comparison, an effective memory-to-coolant thermal

resistance was introduced. The thermal resistance between memory and coolant (Ryem-cool)
is defined as
Tmem,avg - Tcool,in

Rmemfcool = Q (1)
mem

where Tmem,avg denotes the average temperature of the monitored memory devices, Tcoolin
is the coolant inlet temperature, and Qmem represents the applied memory heat load. This
metric characterizes the overall heat transfer effectiveness from the memory devices to the
coolant under the tested conditions.

3.1. Effect of Coolant Inlet Temperature on Memory Thermal Performance

Figure 6 shows the effect of the coolant inlet temperature on the memory temperatures
of DIMMO and DIMM]1 across the three cooling modes. Across the investigated inlet
temperature range, clear temperature separation among the three modes is maintained for
both DIMMs, with mode 2 consistently exhibiting the lowest memory temperature, mode 3
the highest, and mode 1 falling in between.
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Figure 6. Effect of inlet coolant temperature on DIMM temperature.

Quantitatively, the total temperature increase of DIMMO over the tested inlet tem-
perature range is 7.12 °C, 9.33 °C, and 6.92 °C for modes 1, 2, and 3, respectively, while
the corresponding increases for DIMM]1 are 6.70 °C, 9.05 °C, and 6.89 °C. As indicated by
the separation between the error bars, the observed temperature differences between the
cooling modes exceed the combined measurement uncertainty for both DIMMs.

These results indicate that increasing the coolant inlet temperature primarily shifts the
absolute memory temperature level. The differences among the cooling modes arise from
their distinct memory-to-coolant thermal resistances, which lead to different temperature
offsets as the inlet temperature varies.

As shown in Figure 7, the thermal resistance of both DIMMO and DIMM1 decreases
monotonically with increasing inlet coolant temperature for all three cooling configurations.
This trend can be partially attributed to reduced coolant viscosity at elevated temperatures.
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As the inlet temperature rises, the coolant’s dynamic viscosity decreases, increasing the
Reynolds number at the same volumetric flow rate. The enhanced turbulence intensity
strengthens fluid mixing near the heat transfer surface, thereby improving the convective
heat transfer coefficient and reducing the convective thermal resistance on the coolant side.
In addition, the thermal resistance is also influenced by the changing temperature difference
between the memory devices and the coolant. Although the absolute memory temperatures
increase with higher inlet temperatures, the relative ranking among the three cooling
modes remains unchanged, indicating that the dominant structural thermal resistance and
contact conditions are not significantly affected by inlet temperature variation. Among
the three configurations, the direct liquid-cooled design (mode 2) consistently exhibits
the lowest thermal resistance, followed by the clamp-type cold plate (mode 1), while the
heat-pipe-assisted solution (mode 3) shows the highest thermal resistance across the tested
temperature range. This suggests that, under steady-state operating conditions, the overall
cooling effectiveness is primarily governed by the module’s structural thermal resistance,
while the inlet coolant temperature mainly affects the convective component of the thermal
resistance network.
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Figure 7. Effect of inlet coolant temperature on the thermal resistance of a DIMM.

3.2. Effect of Cold Plate Geometry on VR Temperature

Figure 8 compares the VR module temperatures under different coolant inlet tempera-
tures for the three cooling modes. For both VRO and VR1, the three modes exhibit distinct
temperature levels across the entire inlet temperature range, with mode 2 operating at the
lowest temperature and mode 1 at the highest.
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Figure 8. Effect of inlet coolant temperature on VR temperature.
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The magnitude of temperature variation with inlet temperature differs among the
cooling modes. For VRO, the total temperature increases from 37 °C to 50 °C and is 8.00 °C
for mode 1, compared with 6.73 °C and 6.19 °C for modes 2 and 3, respectively. A similar
trend is observed for VR1, where mode 1 shows a larger temperature increase (7.75 °C)
than modes 2 (5.91 °C) and 3 (5.97 °C).

These differences can be attributed to variations in the local thermal environment
around the VR modules induced by the different cold plate geometries, which affect heat
spreading and convective heat removal in the vicinity of the VR components.

3.3. Coupled Effect of Cold Plates on CPU Temperature

Figure 9 shows the effect of coolant inlet temperature on the temperatures of CPUO
and CPUL1 for the three cooling modes. For all modes, CPU temperature increases as the
inlet temperature rises from 37 °C to 50 °C, while the relative temperature ranking among
the three modes remains unchanged.

80 76 _
—&— Temp_model 2l
Q78 —e— Temp_mode2 D —#— Temp_model
< —A— Temp_mode3 & 7 —o— Temp_mode2
g 76 B — —A— Temp_mode3
& 270r
% = 68
S74f <
(] P [
E E 66
E r Seat
()
g Q.
g T0F g 62
F 4e0
172} Q |
5 <
68
~ O sl
66, L 1 1 1 | 1 1 1
37 40 .45, . 50 36 3 40 . 6. 48 50 52
Inlet temeperature of refrigerating medium (°C) Inlet temeperature of refrigerating medium (°C)
(a) CPUO (b) CPU1

Figure 9. Effect of inlet coolant temperature on CPU temperature.

For both CPUs, mode 2 consistently exhibits the lowest temperature, whereas modes
1 and 3 show higher temperatures with only minor differences between them. Over the
investigated inlet temperature range, the temperature rise of CPUO is 10.24 °C, 7.53 °C,
and 9.77 °C for modes 1, 2, and 3, respectively, while the corresponding values for CPU1
are 11.05 °C, 11.04 °C, and 10.26 °C. These results indicate that increasing coolant inlet
temperature raises the absolute CPU temperature but does not alter the relative thermal
performance of the three cooling modes.

3.4. Pressure Drop and Hydraulic Performance of the Cold Plates

Figure 10 presents the system frictional pressure drop (AP) of cooling system for the
three cooling modes at different inlet coolant temperatures, with a fixed flow rate. Over
the investigated temperature range, AP shows a moderate decreasing trend for all cooling
modes, while the relative differences among the modes remain clearly distinguishable.

Across all inlet temperature conditions, mode 2 consistently exhibits the highest
pressure drop, whereas mode 1 maintains the lowest, with mode 3 falling between the
two. The variation in pressure drop with inlet temperature is comparatively slight in
mode 1, indicating a relatively weak sensitivity of its hydraulic behavior to changes in
coolant temperature.

These results suggest that differences in pressure drop among the cooling modes
are primarily determined by their flow-path geometries rather than by the inlet coolant
temperature. Consequently, at the fixed flow rate considered in this study, the hydraulic
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penalty associated with each cooling mode is mainly determined by the cooling structure’s

inherent design, while variations in inlet temperature play a secondary role.
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Figure 10. Effect of cooling configuration on frictional pressure drop (AP) in the flow channels.

3.5. Coupled Effect of Refrigerating Medium Flow Rate on Flow and Heat Transfer Characters of
the Cold Plates

As illustrated in Figure 11, increasing the coolant flow rate results in a pronounced,

nearly monotonic reduction in the thermal resistance of both DIMMO and DIMM!1 across

all three cooling configurations. Among the three configurations, mode 2 consistently

achieves the lowest thermal resistance, while mode 3 exhibits the highest values. The

relative ranking among the three modes remains unchanged with increasing flow rate,

suggesting that the intrinsic structural and contact thermal resistances of each cooling

design govern their comparative performance.
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Figure 11. Effect of coolant flow rate on DIMM resistance.
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However, as shown in Figure 12, the improvement in thermal performance is accom-

panied by a continuous increase in frictional pressure drop (AP) with increasing flow rate.

Mode 1 exhibits the lowest pressure drop, while mode 2 shows the highest hydraulic

resistance across the tested range, with mode 3 lying between the two. This indicates

that although mode 2 provides superior heat transfer performance, it imposes the largest

pumping power requirement. The rate of thermal resistance reduction diminishes at higher

flow rates, implying diminishing returns once the coolant-side resistance becomes less

dominant within the overall thermal resistance network. Therefore, further increasing the

flow rate yields limited thermal benefits while substantially increasing hydraulic penalties.
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From a system-level perspective, an optimal design should balance thermal performance
and pumping power consumption rather than pursuing maximum heat transfer alone.
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Figure 12. Effect of coolant flow rate on frictional pressure drop (AP).

4. Discussion

The performance differences among the three DIMM liquid cooling configurations are
primarily due to variations in flow-channel topology and coolant distribution. Material
selection and overall cold plate dimensions play a secondary role. Under identical operating
conditions, DIMM thermal behavior is primarily governed by the ability to limit coolant
temperature rise along the flow path in a constrained DIMM layout.

The water-flowing cold plate achieves the optimal DIMM thermal performance, which
is enabled by its parallel short-channel design. This configuration effectively suppresses
coolant temperature accumulation along the main flow direction and ensures sufficient
low-temperature coolant is supplied to the memory region. Since DDR5 DIMM modules
are linearly arranged with minimal spacing, even small coolant temperature gradients
can lead to noticeable discrepancies in memory temperature. The results demonstrate
that controlling along-path coolant temperature rise is more effective than introducing
additional heat-spreading structures.

At the system level, VR temperature is influenced by cold plate geometry through
airflow interaction in the DIMM region. Larger cold plate volume and height can partially
obstruct airflow, thereby reducing local convective heat transfer around the VR modules.
More compact structures introduce less airflow disturbance and consequently lead to
lower VR temperatures. In the serial cooling configuration investigated in this study, the
impact of memory liquid cooling on CPU temperature remains limited within the tested
operating range. However, this coupling effect may become more pronounced as memory
power density increases. Apparent differences are also observed in hydraulic performance.
System pressure drop is mainly determined by flow path length and the degree of flow
parallelization. Designs with higher flow parallelization achieve lower pressure drop. This
characteristic is beneficial for system integration and for reducing pump power.

From a manufacturing and reliability perspective, the three liquid cooling configura-
tions also exhibit distinct characteristics. The water-cooled plate uses a relatively simple
channel topology and conventional metallic materials, which are compatible with ma-
ture machine or extrusion processes. Its structure contains no moving or phase-change
components, resulting in predictable thermal behavior and favorable long-term reliability
under continuous operation. The clamp-type cold plate improves serviceability by enabling
repeated DIMM installation and replacement; however, its thermal performance and relia-
bility are more sensitive to assembly tolerances, variations in contact pressure, and aging of
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the thermal interface material. These factors may introduce performance dispersion across
large-scale deployments.

The heat-pipe-based cold plate offers excellent temperature uniformity but requires
more complex manufacturing processes, including vacuum sealing and charging the work-
ing fluid. Its long-term reliability is inherently linked to the integrity of the heat pipe and
vapor chamber, as well as resistance to degradation under repeated thermal cycling. In
high-density server environments with elevated and fluctuating heat flux, these reliability
considerations become increasingly critical. Overall, the results indicate that manufacturing
complexity, assembly robustness, and long-term operational stability must be considered
alongside thermal and hydraulic performance when selecting liquid cooling solutions for
practical DIMM deployment.

5. Conclusions

In this study, three memory liquid cooling configurations were compared under
identical operating conditions: a water-flowing cold plate, a clamp-type cold plate, and a
heat-pipe-based cold plate. The results show that coolant inlet temperature consistently
affects memory, VR, and CPU temperatures across all configurations. As the coolant
inlet temperature increases from 37 °C to 50 °C, memory temperature increases for all
three cooling modes. Over the investigated range, memory temperature is maintained
at approximately 57.65-66.98 °C for the water-flowing cold plate, 62.04-71.13 °C for the
clamp-type cold plate, and 66.22-76.07 °C for the heat-pipe-based cold plate. The water-
flowing cold plate exhibiting the lowest memory temperature and the heat-pipe-based cold
plate exhibiting the highest.

A similar trend is observed for VR temperature. As the coolant inlet temperature
increases, VR temperature rises to approximately 62.12-70.12 °C for the clamp-type cold
plate, 57.26-64.21 °C for the heat-pipe-based cold plate, and 55.23-63.23 °C for the water-
flowing cold plate. Despite differences in cold plate geometry, the relative temperature
ranking remains stable across the investigated conditions. CPU temperature also increases
with coolant inlet temperature for all three cooling modes. Across the investigated range,
CPU temperature is maintained at approximately 59.15-70.19 °C for the water-flowing cold
plate, 64.01-75.06 °C for the clamp-type cold plate, and 62.79-77.85 °C for the heat-pipe-
based cold plate. The influence of upstream memory cooling on CPU temperature remains
limited within the tested operating range.

Apparent differences in hydraulic performance are observed. As the coolant inlet
temperature increases from 37 °C to 50 °C, the system pressure drop decreases for all three
cooling modes. The pressure drop ranges from 32.73 to 35.98 kPa for the water-flowing
cold plate, from 27.00 to 29.96 kPa for the heat-pipe-based cold plate, and from 24.19 to
26.69 kPa for the clamp-type cold plate.

Future work can be extended in three directions. First, multi-scale CFD methods can be
applied to establish quantitative relationships between cold plate geometric parameters and
coolant distribution, thereby supporting refined optimization of the flow channel topology.
Second, the variation in interface thermal resistance under high heat-flux conditions should
be investigated to develop low-resistance interface structures better suited to memory
chip array layouts. Third, memory liquid cooling structures can be further studied in
multi-heat-source coupled systems to develop liquid-loop design strategies for coordinated
cooling of memory, CPUs, and accelerator devices, to meet the thermal requirements of
DDR6 and future higher-power-density components.
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Nomenclature

Teool,in coolant inlet temperature (°C)

Tmemavg  average temperature of the monitored memory devices (°C)
Omem applied memory heat load (W)

Riem-cool  thermal resistance between memory and coolant (°C/w)
Abbreviations

DDR4 Double Data Rate 4

DDR5 Double Data Rate 5

DIMM Dual In-line Memory Module

CPU Central Processing Unit

GPU Graphics Processing Unit

VR Voltage Regulator
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Abstract

This study presents a novel investigation into the coupled effects of ambient temperature
and compressor frequency on frosting behavior and thermal performance of inverter-driven
air-source heat pumps (ASHPs) under low-temperature, high-humidity conditions. Unlike
previous studies that focused on single environmental parameters, this work systematically
explores temperature—frequency coupling. Experiments were conducted on a 3-HP DC
inverter low-ambient-temperature ASHP unit using a multi-climate simulated enthalpy
difference test bench. Single-factor analysis shows that frosting is most severe at 0 °C,
where the frost growth rate peaks. Regarding compressor frequency, the coefficient of per-
formance (COP) initially increases and then decreases with frequency. The maximum COP
occurs near 45 Hz, representing the optimal energy efficiency balance in this experimental
system. Sensitivity analysis demonstrates that relative humidity contributes less than
5% to performance degradation at the critical 10% COP reduction point. Thus, ambient
temperature and compressor frequency are the core determinants of defrosting timing.
A dual-factor prediction model for the critical defrosting air-to-coil temperature difference
(AT) is developed using temperature () and frequency (f) as independent variables. Valida-
tion confirms that the model maintains prediction error within 10% under both single-factor
and multi-factor coupling conditions. Collectively, this research quantifies the coupled
effects of ambient temperature and compressor frequency on frosting performance and
provides a novel theoretical framework for precise defrosting control in inverter ASHPs
based on performance attenuation.

Keywords: air-source heat pump; frosting characteristics; compressor frequency; coupled
effects; dual-factor model; precise defrosting

1. Introduction

As a high-efficiency and environmentally friendly heating technology, air source heat
pumps (ASHP) have been widely used in building heating, industrial and agricultural
drying, and other fields due to their advantages such as convenient installation, high energy
efficiency ratio and strong applicability. Against the backdrop of the “dual carbon” target,
promoting the large-scale application of air source heat pumps in cold and frigid regions
has become one of the important paths for energy conservation and emission reduction
in the building sector [1]. According to statistics, the sales of air source heat pumps
in China reached RMB 22.7 billion in 2021, an increase of nearly 25% year-on-year [2],
showing a continuous growth trend. However, during practical operation, frost can readily
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accumulate on the evaporator surface under conditions of low ambient temperature and
high relative humidity. This frost accumulation leads to increased heat transfer resistance
and reduced airflow, consequently degrading the unit’s heating capacity and escalating
energy consumption. In severe cases, it can precipitate frequent defrosting cycles and
even interrupt heating provision, thereby compromising operational reliability [3]. This
technical bottleneck restricts the efficient and stable operation of air source heat pumps in
low-temperature and high-humidity environments and has become a research hotspot of
common concern in academia and industry.

Accurate judgment of the defrost node is the core issue affecting the operating effi-
ciency and economy of air source heat pumps. Ma et al. [2] clearly pointed out in their
latest review that the key challenge of defrost control is how to accurately identify the
degree of frost and optimize the defrost start-stop logic. Suboptimal defrosting decisions,
whether premature or delayed, significantly increased system energy consumption and
compromised component reliability. The study by Klingebiel et al. [4] further quantified
this impact, demonstrating that a deviation of 20 min from the optimal defrost start time
could lead to a system efficiency reduction of up to 9.1%. If defrost is too early, the unit
will fall into an ineffective operating state of “defrosting without frost”, resulting in energy
waste and unnecessary heating interruption. Conversely, if defrosting was initiated too
late, excessive frost accumulation severely deteriorated the evaporator’s heat exchange
performance, leading to a significant attenuation of heating capacity and potentially caus-
ing safety issues such as compressor liquid hammer. Therefore, accurately identifying the
critical defrosting point and achieving on-demand defrosting had become a cutting-edge
topic in ASHP technology research.

Domestic and international scholars have conducted in-depth research on defrosting
control strategies. Traditional defrosting control methods mainly relied on timers and
temperature-time difference logic. Their simple structure and low cost led to widespread
application in early products. However, because these methods could not adapt to complex
and variable climatic conditions, their control accuracy was limited, resulting in significant
efficiency losses. The study by Klingebiel et al. [4] showed that compared to an optimal
defrost strategy, the efficiency loss of a timer-based control strategy (60 min interval) could
reach 16.0%. While demand-based control reduced the loss to 7.0%, parameter trade-
offs still existed under different frosting intensity conditions, limiting the overall system
efficiency improvement.

To overcome the limitations of traditional methods, researchers have devoted efforts
to developing refined control strategies based on thermodynamic parameters. Liu et al.
proposed a novel frosting suppression control strategy for variable-speed air source heat
pumps based on condensing-frosting performance maps, which optimises operating pa-
rameters to effectively suppress frosting while maintaining a high COP [5]. Compared
with conventional control, this strategy increases the cyclic heating duration by 157.68%
and reduces the daily defrosting frequency, defrosting duration, and defrosting energy
consumption by 59.09%, 36.30%, and 32.96%, respectively [5]. Li et al. [6] developed
a prediction model for the optimal defrosting initiation time for air source heat pumps with
different configurations and operating modes. By establishing a cubic function relationship
between a comprehensive index of configuration and operation (CICO) and the optimal
initiation time, the model can predict the defrosting start time for different units. When the
CICO value increases from 3.14 to 22.44, the optimal defrosting initiation time increases
from 22 min to 148 min. Tang et al. experimentally studied the influence of frosting on heat
pump performance through the operating characteristics of the outdoor fan and proposed
a novel time-current-temperature difference (T-I-T) defrosting control method. The results
show that the defrosting current threshold decreases with decreasing frosting severity; after
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applying this method, the defrosting frequency is reduced by 39.80%, and the average COP
is increased by 10.60% [7]. Chung et al. [8] used a differential pressure sensor to monitor the
pressure difference inside and outside the evaporator and found that the average pressure
difference at the bottom of the evaporator could most accurately reflect the frost growth. By
dimensionlessly processing the critical pressure difference, this method can be effectively
applied to different fan speeds and heat exchanger specifications. In nine sets of verification
experiments under different outdoor conditions, its root mean square error of prediction
was as low as 5.5%.

In recent years, the rapid development of artificial intelligence technology has provided
new ideas for breaking through the dependence on traditional models. Klingebiel et al. [9]
proposed a self-optimizing defrosting start controller based on deep reinforcement learning,
which can generate control rules autonomously by interacting with the environment using
only the measurement values of standard temperature sensors. Hardware-in-the-loop
tests were conducted under dynamic environmental conditions. The results show that
the seasonal energy coefficient of the proposed controller is 7.1% higher than that of the
time-type controller and 9.1% higher than that of the demand-type controller. Additionally,
the heating capacity is increased by 4.9%. Under the fault condition of simulated airflow
blockage, the efficiency is improved by 16.6% through an online learning adaptive adjust-
ment strategy. Guo et al. [10] proposed a data-driven evaluation method for defrosting
effect based on the heating capacity decay model. The frost state is identified by monitoring
the heating capacity decay, and an on-demand defrosting control strategy is developed
based on a fully connected neural network. The degree of frost is divided into six categories
to achieve real-time identification. After application, the defrosting frequency is reduced
by 66.3%, and the power consumption is reduced by 6.0%.

The development of image processing technology provides a more intuitive means of
quantifying the degree of frost. Wang et al. [11] proposed a defrosting start control method
based on image grayscale recognition. They developed corresponding image recognition
equipment and control strategies. Experimental results showed that the defrosting accuracy
of the method reached 93.33% in complex and variable environments. Compared with
traditional temperature-time control, the defrosting accuracy was improved by 42.86%,
and the average COP of the unit was improved by 36.60%. Zheng et al. [12] applied
multi-threshold segmentation technology to divide the grayscale image into frost-free area,
moderate frost area and heavy frost area, introduced the frost coefficient P (0~1) to evaluate
the degree of frost, set P = 0.3 to start defrosting and P = 0.05 to end defrosting. Experiments
verified that the method is applicable to a variety of outdoor environments.

While the aforementioned studies have advanced defrosting control technology from
different perspectives, a key gap remains in current research. Most existing studies treat
ambient temperature and relative humidity as the primary inputs. The unit’s own operat-
ing parameters—especially compressor frequency—are largely ignored or considered as
constants. Compressor frequency directly affects refrigerant mass flow rate, evaporation
temperature, and heat exchange performance. Therefore, it profoundly influences frost
growth rate and the timing of performance deterioration. A few recent studies have begun
to acknowledge the role of frequency. For example, Wei et al. [13] studied the frosting
performance of variable-frequency ASHPs under different climatic regions. They found
that frequency significantly alters the frosting map boundaries. However, they did not de-
velop a quantitative model linking frequency to the critical defrosting point. Consequently,
a systematic exploration of the coupling relationship between compressor frequency, frost
dynamics, and the defrosting critical point is still lacking. This current research status
restricts the accuracy of defrosting control. It also limits the full release of the performance
potential of inverter-driven ASHPs.
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In view of this, an enthalpy difference laboratory capable of accurately simulating
various climatic conditions was built in this study. Using a 3 HP DC inverter low-ambient-
temperature air-source heat pump (chilled water) unit as the research object, frosting
experiments were systematically conducted under different ambient temperatures, com-
pressor frequencies, and relative humidity conditions. By analyzing the frost layer growth
pattern and the variation characteristics of performance parameters such as heating ca-
pacity, power consumption, and COP of the unit, the frosting characteristics under the
coupling effect of temperature and frequency and their impact mechanism on system
performance were revealed. The main contributions of this work are threefold. First, the
coupled effect of ambient temperature and compressor frequency on the critical defrosting
air-to-coil temperature difference (AT) is quantified for the first time. Single-factor analysis
shows that frosting is most severe at 0 °C and that the COP peaks at around 45 Hz, beyond
which energy efficiency declines. Second, a novel dual-factor prediction model AT = f(¢, f)
that explicitly includes a cross-term to capture the temperature—frequency interaction is
proposed. The model achieves high accuracy (R? = 0.908, RMSE = 0.82 °C) with a prediction
error below 10%. Third, the model is validated under both single-factor and multi-factor
coupled conditions (varying humidity and frequency), and it is demonstrated that relative
humidity has a negligible effect (<5%) on the critical AT, confirming that temperature and
frequency are the core determinants of defrosting timing. This research fills the gap in
existing defrosting control strategies that neglect the influence of compressor frequency,
providing a theoretical framework and a practical engineering tool for achieving truly intel-
ligent, precise, and performance-attenuation-based defrosting control in inverter air-source
heat pumps.

2. Experimentation
2.1. Experimental Platform

To conduct in-depth research on the operating characteristics and performance of
air-source heat pump units under different environments, this study constructed a compre-
hensive experimental platform based on the enthalpy difference (water system) laboratory.
This experimental platform aims to simulate diverse climatic conditions and load scenarios,
enabling high-precision measurement and analysis of key performance parameters of the
unit. The overall platform integrates functions such as environmental simulation, load
simulation, data acquisition, and unit monitoring and control, providing a reliable founda-
tion for subsequent systematic experiments. The overall appearance of the experimental
platform is shown in Figure 1.

Figure 1. External view of the experimental prototype.
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2.2. Air Source Heat Pump Unit

The experiment used a 3HP DC inverter low-ambient-temperature air-source heat
pump (chilled water) (TMEGA, Foshan, China) unit as the test object. This unit features
full DC inverter control, allowing independent adjustment of compressor and fan speeds
as well as the electronic expansion valve opening. This facilitates the flexible setting of
different operating parameters during the experiment to investigate their impact on unit
performance. The system uses R410A as the refrigerant. The main performance parameters
of the unit are shown in Table 1. It has a compact structure, high control precision, and is
suitable for stable operation over a wide temperature range.

Table 1. Parameter of air source heat pump unit.

Parameter Numerical Values
Unit power supply specifications 220 V/50 Hz
Rated heating capacity (outdoor —12°C, outlet water 55°C) 6.1 kW
Rated heating input power (outdoor —12°C, outlet water 55°C) 2.52 kW
Rated heating current (outdoor —12°C, outlet water 55°C) 1145 A
Rated outlet water temperature 41°C
Maximum water temperature 60 °C
Scope of work —35~45 °C
Protection level IP x 4
Unit noise <62 dB
Differential pressure between inlet and outlet water of the unit 30 kPa
Rated circulating water volume 1.09 m3/h
External dimensions 900 x 365 x 865 mm
Main unit control size DN25
Equipment weight 110 kg

2.3. Environmental Simulation System

To accurately simulate the operating environment of an air-source heat pump, the ex-
perimental setup includes two independent environmental simulation chambers: an indoor
chamber and an outdoor chamber. The indoor temperature can be adjusted within the
range of 5-50 °C, while the outdoor temperature range is —25-55 °C, and the relative hu-
midity can be controlled between 20% and 95%. The system employs a PLC and intelligent
power regulator for coordinated control, combined with electric heating and humidifi-
cation devices, to ensure rapid and stable operation, providing realistic and controllable
atmospheric conditions for unit performance testing.

2.4. Water System Simulation

To simulate actual water-side load, an independent water circulation testing system
was installed on the outdoor side of the test bench. This system allows for continuous flow
rate adjustment within the range of 0-7 m3/h and uses turbine flow meters and resistance
thermometers to monitor the supply and return water temperatures and flow rates in
real time, thereby accurately calculating the unit’s heating capacity and energy efficiency.
The introduction of the water system enables the test bench to be suitable not only for
air-side performance studies but also for comprehensively evaluating the unit’s thermal
performance on the water side.

2.5. Data Acquisition and Measurement System

To ensure the comprehensiveness and accuracy of experimental data, the experimen-
tal platform is equipped with a multi-parameter synchronous acquisition system. This
system includes temperature and humidity sensors, pressure transmitters, thermocouples,
an energy analyzer, and a high-precision flow meter, covering various key parameters from
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the air, water, and electrical sides (Table 2). All sensors are rationally arranged according to
measurement specifications and are monitored and recorded in real time via a data acqui-
sition instrument and host computer software, providing a reliable basis for subsequent
data analysis.

Table 2. Parameters of main data acquisition equipment.

Equipment Model/Type Measurement Parameters Accuracy/Range Sampling Interval
Platinum resistance Pt-100 air temper.at.ure and 101 °C real time
thermometer humidity
Differential pressure — wind static pressure 0-300 Pa real time
transmitter
Turbine flow meter — Water flow 0-3 m3/h, £0.5% FS 6s
thermocouple K type Coil temperature —200~260 °C 6s
EleCt.ncal parameter — Voltage, current, power +0.5% real time
instrument

Industrial PC + Data ~ Multi-channel synchronous

I L 16-bi luti
Acquisition Card acquisition 6-bit resolution

Data acquisition system

2.6. Experimental Conditions

The variables in this experiment included ambient temperature, humidity, and com-
pressor frequency. The experimental conditions were set using a single variable method.
The temperature was set to 6 °C, 3 °C, 0 °C, =3 °C, —6 °C, —9 °C, and —12 °C, for a total of
7 conditions. The compressor frequency was set to 30 Hz, 45 Hz, 60 Hz, 76 Hz, and 90 Hz,
for a total of 5 conditions. The humidity was set to 70%, 75%, 80%, and 85%. The specific ex-
perimental conditions for the temperature, compressor frequency, and humidity groups are
shown in Tables 3, 4, and 5, respectively. In addition, in order to fully observe the changes
in the unit’'s COP, the unit’s original variable frequency control and defrosting settings
were turned off, and it was operated in fixed frequency mode with manual defrosting.

Table 3. Temperature condition.

Experiment Number Temperature (°C) Other Variable Value
1-1 6
1-2 3
1-3 0 Frequency: All frequency
1-4 -3 operating conditions
1-5 —6 Relative humidity: 85%
1-6 -9
1-7 -12

Table 4. Frequency operating condition.

Experiment Number  Frequency Setting (Hz) Other Variable Value
2-1 30
2-2 45 Temperature: All temperature
2-3 60 conditions
2-4 76 Relative humidity: 85%
2-5 90
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Table 5. Relative humidity operating condition.

Experiment Number  Relative Humidity (%) Other Variable Value
3-1 70
3-2 75 Temperature: 3 °C, 0 °C, —6 °C
3-3 80 Frequency: 76 Hz
3-4 85

2.7. Data Processing

When studying unit performance, frosting characteristics and performance indica-
tors cannot usually be directly derived from measured data. Therefore, it is necessary to
perform formula conversion and processing on the measured data in order to accurately
assess the unit’s heating capacity and energy efficiency. Heating capacity and coeffi-
cient of performance (COP), as key parameters for measuring unit performance, rely on
a comprehensive analysis of variables such as environmental conditions and unit operating
status for calculation.

The unit’s heating capacity is determined by the water flow rate and supply and
return water temperatures of the water system, and its calculation formula is shown in
Equation (1):

Q = cwpwVew (twg - twh) 1)

where Q— heat output of the unit (kW);

cy—specific heat capacity of water ((k]J/(kg-°C));
pw—water density (kg/m?);

Viw—water system volumetric flow rate (m3/s);
twg—water supply temperature (°C);
typ—return water temperature (°C).

The COP (coefficient of performance) of a heat pump is an indicator of its energy
efficiency. It represents the ratio of the heat provided by the heat pump per unit time to the
power consumed. Its calculation formula is shown in Equation (2):

COP =Q/W (2)

where Q—heat output of the unit (kW);
W—power consumed by the unit (kW).

During the frosting process of a heat pump, the air-to-coil temperature difference (AT)
is a key physical quantity that directly reflects the actual heat exchange state. However, the
coil surface temperature measurement is easily affected by the location of the measuring
point, resulting in variations. In contrast, the pressure fluctuation range at the evaporator
outlet is smaller, providing a more stable and accurate reflection of the refrigerant saturation
temperature within the coil. Therefore, this paper selects the evaporator outlet pressure
as the observation basis and uses the pressure-temperature correspondence to calculate
a more representative coil temperature, thereby calculating the air-to-coil temperature
difference AT. The calculation formula is shown in Equation (3):

—2107.935

AT =t CC) = (3, (P 1) x 100, 000) — 21,8205

— 256.2377) 3)

where t —ambient temperature (°C).

P—gauge pressure (bar) at the evaporator outlet.
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2.8. Uncertainty Analysis

To evaluate the reliability of the experimental results, an uncertainty analysis was
performed for the key derived parameters: heating capacity (Q), coefficient of performance
(COP), and air-to-coil temperature difference (AT). The measurement uncertainties of the
primary instruments (Table 2) were propagated using the root-sum-square (RSS) method,
assuming all input quantities are independent. The combined standard uncertainty u.(y)
for a derived quantity y = f(x1,x2,...,xn) is calculated as

ue(y) = ¢ Y (5,{ : u(x»)z (4)

of

where u(x;) is the standard uncertainty of the input x;, and 32 is the sensitivity coefficient.

The expanded uncertainty U is then obtained by multiplying u.(y) by a coverage
factor k = 2, corresponding to a confidence level of approximately 95%:

U=k ucy) ®)
Heating capacity Q is given by Q = cwpw Vw (twg — twn). The relative combined

() (5

where Aty = tyg — tyy. The turbine flow meter has an accuracy of +0.5% of full scale

uncertainty is

(0-3 m3/h), yielding a standard uncertainty

0.005 x 3

V3

for a rectangular distribution. The Pt-100 sensors have an accuracy of 0.1 °C each, so

2 2
(D) = YOO 6 0816 °C

V3

The resulting relative expanded uncertainty for Q is approximately +5.1% (k = 2).

u(V) = ~ 0.00866 m> /h

Coefficient of performance COP = Q/W. The relative combined uncertainty is

ue(COP) _ [ (ue(Q)\*  (u(W))? )
CcorP Q w
The electrical parameter instrument has an accuracy of +0.5% of the reading (assumed

rectangular distribution). The relative standard uncertainty of W is 0.005/ /3 ~ 0.00289.
Combining with the uncertainty of Q gives a relative expanded uncertainty for COP of

approximately £6.2% (k = 2).

Air-to-coil temperature difference AT = t — T (P), where t is ambient temperature
and T, (P) is the saturation temperature corresponding to the evaporator outlet pressure
P. The combined uncertainty is

ue(AT) = \/u(t) + u(Teon)? ®)

The ambient temperature uncertainty u(t) = 0.1/,/3 ~ 0.0577 °C. The pressure trans-
ducer accuracy is £0.5% FS (0-300 Pa), giving a standard uncertainty u(P) = (0.005 x
300)/+/3 ~ 0.866 Pa. Using the saturation pressure-temperature relation for R410A,
this translates to an uncertainty in T.,; of about £0.3 °C (after calibration). Thus
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uc(AT) ~ v/0.0577% + 0.1732 = 0.182 °C (assuming a typical value of 0.3//3 ~ 0.173 °C
for u(Toi1)- The expanded uncertainty for AT is approximately £0.36 °C (k = 2).

All performance changes reported in this paper are significantly larger than the
corresponding measurement uncertainties, confirming the statistical significance of the
observed trends. This uncertainty analysis demonstrates that the experimental data are
reliable for validating the proposed dual-factor defrosting model.

3. Results and Discussion
3.1. The Influence of Air Temperature

Figure 2 shows the growth characteristics of frost layer thickness over time under
various temperature conditions. Seven ambient temperature conditions were set: 6 °C,
3°C,0°C, -3°C, -6 °C, —9 °C, and —12 °C. The compressor frequency was 76 Hz, and
the relative humidity was 85%. As can be seen from the figure, under different temperature
conditions, the frost layer thickness exhibits a rapid initial growth followed by a slower
growth over time, until the frost layer completely fills the gaps between the fins. This
growth characteristic is determined by the physical mechanism of the frosting process: in
the initial stage of frosting, the frost layer grows rapidly mainly in the vertical direction.
This is because the fin surface temperature is low, and water vapor in the air quickly
condenses into frost, leading to a rapid increase in frost layer thickness. As the frost layer
thickens, the gaps between the fins are gradually filled, increasing thermal resistance,
restricting airflow, and reducing the efficiency of water vapor transport. Therefore, the
growth rate of the frost layer gradually slows down until the frost layer completely seals
the gaps between the fins, at which point the frost layer growth tends to saturate. At
lower ambient temperatures (—12 °C, —9 °C), the frost layer grows faster, especially at
temperatures close to freezing (0 °C), where the water vapor content in the air is higher,
the condensation rate is faster, and the frost layer can more easily cover the fin gaps in
a shorter time. At higher temperatures (6 °C), the frost layer grows more slowly, and frost
only begins to form on the surface after 40 min of operation. This is because the coil surface
temperature is higher at this temperature, requiring a longer time to reach the conditions
for frosting.
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Figure 2. Changes in frost thickness with operating time under different ambient temperatures. The
compressor frequency was 76 Hz, and the relative humidity was 85%.
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Figure 3 shows the changes in unit heating capacity, power consumption, COP, and
air-coil surface temperature difference over operating time under various temperature
conditions. Seven temperature conditions were set: 6 °C, 3 °C, 0 °C, =3 °C, —6 °C, =9 °C,
and —12 °C. The compressor frequency was 76 Hz, and the relative humidity was 85%.
Figure 3a illustrates the change in unit heating capacity under different ambient temper-
atures. The initial heating capacity is mainly determined by the ambient temperature,
showing a clear negative correlation. The lower the temperature (e.g., —12 °C), the worse
the initial heating capacity, and the more gradual the decrease in heating capacity. At 6 °C,
the frosting process is slow, and the heating capacity remains stable in the early stages due
to the absence of frosting, only showing a significant decrease after a considerable period
of operation. As operating time progresses, for a short period after frosting begins, the
heating capacity briefly increases slightly due to the increased heat exchange capacity of
the fins caused by the frost layer. Afterward, as the frost layer thickens, the heating capacity
begins to decline rapidly. As can be seen from the figure, frosting is most severe at 0 °C,
and the heating capacity declines the fastest. Ultimately, the heating capacity of all frosting
conditions continued to decrease over time until the frost layer stabilized, at which point
the rate of decrease gradually slowed down.
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Figure 3. Changes in (a) unit heating capacity, (b) unit power consumption, (¢) COP, and (d) tempera-
ture difference between air and coil surface over operating time at different ambient temperatures
(6°C,3°C,0°C, =3°C, =6 °C, =9 °C, and —12 °C). The compressor frequency was 76 Hz, and the
relative humidity was 85%.

Figure 3b depicts the power consumption characteristics of the heat pump during the
frosting process at different ambient temperatures. Overall, the unit’s power consumption
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shows a slow decreasing trend as the frosting process progresses. The underlying mecha-
nism is that the accumulation of frost increases the thermal resistance, leading to a decrease
in evaporation temperature and thus reducing the refrigerant mass flow rate; consequently,
the compressor’s power consumption decreases.

Figure 3¢ plots COP against time (min) for each ambient temperature. In general, COP
first increases slightly and then decreases gradually over time due to frost accumulation.
Since the power consumption fluctuates gently throughout the entire frosting cycle, its
changes have a weak impact on the system’s COP (Figure 3b), making the COP trend mainly
dependent on the decay of heating capacity. For temperatures above 0 °C (6 °C and 3 °C),
the maximum occurs at the earliest time (10 min), because mild frosting quickly increases
thermal resistance without any beneficial surface roughening effect. At temperatures below
0 °C, the maximum often appears at 20 min, indicating a short initial period of performance
improvement before frosting dominates. This delay is caused by the fact that early-stage
frost formation at subzero temperatures can enhance heat transfer by increasing surface
roughness and turbulence, temporarily offsetting the insulation effect. The most severe
relative COP drop (55.0%) occurs at —9 °C, followed by —12 °C (50.0%). The particularly
large drop at —9 °C is attributed to a combination of a very low evaporating temperature
and sustained frost growth, which leads to dense, highly insulating frost that accumulates
rapidly after the initial enhancement period. At 0 °C, the drop is 34.6%, which is less
than at —3 °C and below. This is because near 0 °C, frost grows quickly but remains
relatively porous, causing less severe performance degradation than the dense frost formed
at lower temperatures.

Figure 3d illustrates the variation in the temperature difference between the air and
the coil surface during the defrosting process of the heat pump under different ambient
temperatures. It can be seen that as time increases, the temperature difference between the
coil and the air gradually increases, and the rate of increase accelerates. This is because
as the frost layer continues to accumulate, the increased resistance in the air duct leads
to a significant decrease in airflow, resulting in a reduction in the unit’s heating capacity
and a decrease in the evaporation temperature. The rising temperature difference between
the coil and the air, and its accelerating rate, reflects the sharp deterioration of thermal
performance in the later stages of defrosting. Furthermore, the rate of increase in tempera-
ture difference varies significantly under different ambient temperatures. For example, the
rate of increase is higher at 0 °C than under other conditions, which is consistent with the
pattern of frost layer thickness growth mentioned earlier at that temperature.

Figure 4 illustrates the relationship between the coefficient of performance (COP) of
an air-source heat pump unit and the air-to-coil temperature difference (AT) at a fixed com-
pressor frequency. The figure contains five subplots corresponding to different compressor
frequency conditions: (a) 30 Hz, (b) 45 Hz, (c) 60 Hz, (d) 76 Hz, and (e) 90 Hz. Taking the
76 Hz condition in Figure 4c as an example, the COP initially increases and then decreases
with increasing air-to-coil temperature difference. When the temperature difference is
small, the COP gradually increases and reaches a peak at a certain critical point. This
upward phase can be attributed to the increased surface roughness of the fins due to the
frost layer distribution during the initial frosting stage, which enhances airflow turbulence
and heat exchange area, thereby improving heat exchange performance. However, when
the temperature difference exceeds this critical value, the COP begins to decrease. This
phenomenon can be attributed to the significant deterioration of evaporator heat exchange
conditions caused by excessively large temperature differences, leading to a decrease in
heating efficiency. Meanwhile, a decrease in ambient temperature also leads to a decrease in
COP, especially at —12 °C, where the COP drop is more significant. This is mainly because
the evaporator is more prone to frosting in low-temperature environments, resulting in
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a further decrease in heat transfer efficiency. Furthermore, as shown in Figure 4a,b, when
the ambient temperature is 6 °C, the COP does not show a clear variation with temperature
difference, fluctuating within an air-to-coil temperature difference range of 8-10 °C. This
is because when the compressor operates at low frequencies of 30 Hz and 45 Hz, the
evaporator basically does not frost at 6 °C; thus, the unit performance tends to be stable
with small fluctuations. However, at the same ambient temperature of 6 °C but with other
frequencies (e.g., 60 Hz, 76 Hz, 90 Hz), frosting occurs, leading to a decrease in COP after
an initial period. To cover a wide temperature range and achieve broader applicability, the
rated condition of 76 Hz was selected for subsequent fixed-frequency studies to investigate
the effects of other factors. This frequency provides more representative data for evaluating
the coupled effects of ambient temperature and compressor frequency across different
operating conditions.
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Figure 4. Changes in COP of the unit with air-to-coil temperature difference (AT, temperature
difference between the ambient temperature (T;) and the coil surface temperature (Tf) converted
from the evaporator outlet pressure) at different ambient temperatures (6 °C, 3 °C, 0 °C, —3 °C,
—6°C, =9 °C, and —12 °C) at a fixed frequency: (a) 30 Hz, (b) 45 Hz, (c) 60 Hz, (d) 76 Hz, (e) 90 Hz.
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3.2. The Influence of Compressor Frequency

Figure 5a shows the characteristics of frost thickness variation over time under differ-
ent compressor frequencies. Five frequency groups were set: 30 Hz, 45 Hz, 60 Hz, 76 Hz,
and 90 Hz, with an ambient temperature of 0 °C and a relative humidity of 85%. As can
be seen from Figure 5a, under different frequency conditions, the frost thickness generally
shows a trend of rapid initial growth followed by a gradual slowdown until the frost com-
pletely fills the fin gaps. This phenomenon is closely related to the physical mechanism of
the frosting process: in the initial stage of frosting, higher compressor frequencies typically
correspond to larger refrigerant flow rates and lower evaporation temperatures, resulting
in faster cooling of the fin surface and a higher water vapor condensation rate, thus causing
the frost to grow faster in the vertical direction. As the frost thickens, airflow resistance in-
creases, heat transfer resistance rises, and water vapor diffusion capacity decreases, leading
to a gradual slowdown in the frost growth rate, which eventually stabilizes.
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Figure 5. (a) Changes in frost thickness with running time at different compressor frequencies with
an ambient temperature of 0 °C and a relative humidity of 85%. (b) The frost growth rate (mm/min)
over time at an ambient temperature of 0 °C under five compressor frequencies (30, 45, 60, 76, and
90 Hz).

The frost growth rate exhibits a non-monotonic variation at different frequencies in
Figure 5b. At 45 Hz, the growth rate remains low (<0.02 mm/min) during the first 40 min,
followed by a moderate peak of 0.06 mm/min at 50 min, after which it drops to zero. At
higher frequencies (60, 76, and 90 Hz), the growth rate increases significantly after 35 min,
reaching peak values of 0.066 mm/min (60 and 90 Hz) and 0.06 mm/min (76 Hz) around
45 min. The subsequent decline in growth rate is primarily because the frost layer has filled
the fin gaps; further frost accumulation results in density increase rather than thickness
growth. The higher frost growth rate at elevated frequencies can be explained by the
increased refrigerant flow rate and lower evaporating temperature, which accelerate frost
formation. At 30 Hz, the growth rate remains consistently low (<0.06 mm/min) with
a delayed peak at 65 min, indicating that lower frequencies slow down frosting but do not
prevent it. Overall, Figure 5b clearly demonstrates that increasing compressor frequency
accelerates frosting, with the most pronounced effects observed in the 60-90 Hz range.

Figure 6 shows the changes in unit heating capacity, unit power consumption, COP,
and air-coil surface temperature difference with operating time at different compressor
frequencies. Five frequency settings were set: 30 Hz, 45 Hz, 60 Hz, 76 Hz, and 90 Hz, with an
ambient temperature of 0 °C and a relative humidity of 85%. Figure 6a reflects the dynamic
process of unit heating capacity changing with frequency. The initial heating capacity is
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positively correlated with the compressor frequency. The higher the frequency (e.g., 90 Hz),
the stronger the initial heating capacity, but the decrease in heating capacity is also more
significant. At lower frequencies (e.g., 30 Hz), the initial heating capacity is smaller, but
its decrease is more gradual. In the early stage of frosting, the growth of the frost layer
under high-frequency conditions enhances the heat transfer capacity of the fin surface
to some extent, resulting in a temporary increase in heating capacity. As the frost layer
continues to accumulate, the airflow resistance increases and the thermal resistance rises,
causing the heating capacity to show a downward trend under all operating conditions.
Among them, the heating capacity declines most rapidly at 76 Hz due to the highest frosting
rate. Ultimately, as frost growth stabilizes, the rate of decrease in heating capacity at each
frequency gradually slows down and remains at a certain equilibrium level.
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Figure 6. Changes in (a) unit heating capacity, (b) unit power consumption, (¢) COP, and (d) air-
coil surface temperature difference over operating time at different compressor frequencies with
an ambient temperature of 0 °C and a relative humidity of 85%.

Figure 6b depicts the power consumption characteristics of the heat pump unit dur-
ing the frosting process at different compressor frequencies. Overall, the unit’s power
consumption increases with increasing frequency, and at all frequencies, it shows a slow
decreasing trend as the frosting process progresses. The underlying mechanism is that
increasing the compressor frequency directly increases the refrigerant’s mass flow rate and
compression ratio, leading to a significant increase in power consumption. However, as the
frost layer accumulates, the thermal resistance on the evaporator side increases, causing a
decrease in evaporation temperature and pressure, further expanding the system pressure
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ratio. Simultaneously, the refrigerant flow rate also decreases. These two factors work
together to gradually reduce the compressor’s power consumption. At high-frequency
operating conditions (e.g., 90 Hz), the power consumption decrease is more pronounced;
while at low-frequency operating conditions (e.g., 30 Hz), due to the slow frost growth, the
power consumption remains at a low level and changes relatively gradually.

As shown in the figure, the COP changes over time at different frequencies, indicating
that the system performance coefficient exhibits a non-monotonic change characteristic
of first increasing and then decreasing throughout the frosting cycle, consistent with the
decay pattern of heating capacity (Figure 6c). This is because the heating benefit brought
about by enhanced heat exchange in the early stage of frosting exceeds the slow increase
in power consumption, leading to an increase in COP; while in the later stage of frost
accumulation, the decrease in airflow and the deterioration of heat transfer intensify,
resulting in a significant decrease in heating capacity and a subsequent decrease in COP.
On the other hand, frequency has a significant impact on COP: when the frequency is
too low, the refrigerant mass flow rate is insufficient, limiting the heating capacity; when
the frequency is too high, the compressor power consumption increases sharply, and the
energy efficiency ratio decreases. Therefore, the COP shows a trend of first increasing and
then decreasing with frequency, reaching its maximum value at 45 Hz, indicating that this
frequency achieves the optimal balance between heating capacity and power consumption
in the current system.

Figure 6d illustrates the variation in the temperature difference between the air and the
coil surface during the frosting process of a heat pump at different compressor frequencies
over time. Overall, the air-to-coil temperature difference exhibits a typical non-monotonic
variation characteristic with operating time: in the initial stage of frosting, the increased fin
surface roughness due to frost growth enhances heat exchange to some extent, leading to
a brief, slight decrease in temperature difference; however, as frost accumulates, airflow
is significantly reduced due to duct blockage, resulting in a sharp deterioration in heat
exchange performance. Simultaneously, the evaporation temperature gradually decreases,
causing the temperature difference between the coil surface and the air to continuously
increase, with the rate of increase gradually accelerating. Higher frequencies result in
a larger refrigerant circulation per unit time and a greater heat exchange between the system
and the air. However, under conditions of severe frosting leading to deteriorated heat
exchange, the higher heat flux density exacerbates the heat transfer imbalance, resulting in
a lower coil surface temperature and a significantly larger temperature difference between
the coil and the air. Therefore, the temperature difference increases most dramatically at
high frequencies (e.g., 90 Hz), while the temperature difference changes relatively gradually
at low frequencies (e.g., 30 Hz).

Figure 7 illustrates the relationship between the coefficient of performance (COP) of
an air-source heat pump unit and the air-to-coil temperature difference (AT) at different
compressor frequencies under a fixed ambient temperature. The figure contains six subplots
corresponding to different temperature conditions: (a) 6 °C, (b) 3 °C, (c) 0 °C, (d) -3 °C,
(e) =6 °C, (f) =9 °C, and (g) —12 °C. Overall, for any fixed frequency, COP exhibits
a single-peak trend of first increasing and then decreasing with increasing AT. However,
the critical temperature difference corresponding to the peak value and the peak COP value
differ significantly depending on the frequency. A key phenomenon is that the critical
air-to-coil temperature difference corresponding to the optimal COP value also tends to
increase with increasing compressor frequency. The main reason for this phenomenon is
that increasing the frequency directly increases the refrigerant circulation flow rate and
the system’s heating capacity. At higher frequencies (such as 76 Hz or 90 Hz), the system
requires a stronger heat exchange driving force (i.e., a larger temperature difference AT)
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to fully realize its enhanced heating potential and overcome the significantly increased
compressor power consumption due to high-frequency operation, thereby reaching the
optimal COP. Therefore, the optimal COP for high-frequency operation occurs at a larger
AT. Conversely, at low frequencies (such as 30 Hz), the refrigerant flow is smaller, and
the system requires less heat exchange driving force, so its optimal COP can be achieved
at a smaller AT. Taking 0 °C as an example, the peak COP at 45 Hz is higher than at
other frequencies, indicating that the system achieves the best balance between heating
capacity and power consumption under this mid-frequency condition. However, when the
frequency increases to 76 Hz and 90 Hz, although the heating capacity is enhanced, the
compressor power consumption increases sharply, resulting in a more significant decrease
in COP in the high AT region and a rapid deterioration in system energy efficiency. In
contrast, the COP curve changes relatively smoothly when operating at a low frequency
of 30 Hz, with a low peak value and a wide distribution range. This is because the heat
transfer intensity is limited at low refrigerant flow rates, and the system performance is
less sensitive to air-to-coil temperature difference changes.

In summary, the compressor frequency not only determines the peak value of COP but
also significantly affects the critical temperature difference required to achieve this optimal
performance by changing the system’s thermal balance and frosting characteristics.
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Figure 7. Changes in COP of the unit with air-to-coil temperature difference at different frequencies
at a fixed temperature: (a) 6 °C, (b) 3 °C, (¢) 0 °C, (d) =3 °C, (e) —6 °C, (f) —9 °C and (g) —12 °C.

3.3. The Influence of Ambient Humidity

This study selected a 10% COP reduction as the criterion for unit defrosting to investi-
gate the impact of ambient humidity on the defrosting trigger point under fixed-frequency
(76 Hz) operation. As shown in Figure 8, at different ambient temperatures (3 °C, 0 °C,
—6 °C), the key parameter characterizing evaporator heat transfer deterioration—the air-
to-coil temperature difference—showed only a slight change with increasing ambient
humidity, with an overall change rate of within 5%. This result indicates that although the
frosting rate and frost accumulation are significantly affected by humidity, humidity is not
a major influencing factor for determining the critical performance point of severe COP
decline. This critical air-to-coil temperature difference is mainly determined by ambient
temperature and compressor frequency; changes in humidity have a negligible impact and
can be considered a secondary factor when formulating defrosting control strategies.
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Figure 8. Air-to-coil temperature difference with relative humidity at a fixed frequency (76 Hz) and dif-
ferent ambient temperatures (3 °C, 0 °C, —6 °C) when the unit’s COP is 10% lower than the initial COP.
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3.4. Establishment of Temperature—Frequency Two-Factor Fitting Model

Based on the summary and analysis of previous experimental data, this study de-
termined that outdoor ambient temperature (t) and compressor frequency (f) are the
two most significant factors affecting the critical air-to-coil temperature difference (AT) and
established defrosting judgment conditions based on these. As shown in Table 6, this table
summarizes the operating time and critical temperature difference (AT) corresponding
to a 10% COP reduction under different frosting ambient temperatures and compressor
frequency conditions. The 10% COP reduction threshold was selected based on both en-
gineering practice and the physical characteristics of the frosting process observed in the
present experiments. In the field of ASHP defrosting control, a 10-15% reduction in heating
capacity or COP is widely recognized as a reasonable criterion for initiating defrosting,
because it represents a clear performance degradation while still avoiding excessive frost
accumulation that could lead to system instability or safety issues (e.g., compressor liquid
hammer). This value has been used in previous studies, such as by Klingebiel et al. [4], who
adopted a 10% efficiency loss as the reference for evaluating defrosting controllers, and by
Li et al. [14], who used a similar threshold to determine the optimal defrosting start time.

By fitting the data in the table, a dual-partition judgment function with outdoor
ambient temperature and compressor frequency as independent variables was finally
obtained, namely the critical air-to-coil temperature difference fitting formula:

AT = f(t, f) = (—43.8829921) + 0.109479735 x f + 0.1874247533 x (t
+273) + (f — 61.575757576) x ((t + 273
—269.45454545) x 0.0009807284).

A multivariate linear regression using the ordinary least-squares method was ap-
plied, with a model structure that includes linear terms for ambient temperature (t) and
compressor frequency (f) as well as an interaction term (f — fo)(t — fo) to capture their
coupling effect. The regression was performed using standard statistical software on a
data set of 33 valid points, covering five compressor frequencies (30, 45, 60, 76, 90 Hz) and
seven ambient temperatures (6, 3, 0, =3, —6, —9, —12 °C) at 85% relative humidity; two
points (45 Hz/6 °C and 30 Hz/6 °C) were excluded because no significant COP drop oc-
curred. The coupling term adjusts the baseline linear prediction to match the experimental
observation that raising the frequency at low temperatures causes a larger-than-additive
increase in AT. For example, at —12 °C, increasing the frequency from 30 Hz to 90 Hz
raises AT from 8.62 °C to 13.72 °C—a difference that the linear terms alone would underes-
timate. The positive 0.0009807284 thus captures the synergistic amplification of frequency
effects at low temperatures, i.e., the more severe frosting caused by a high frequency in
a cold environment.

To quantitatively evaluate the predictive accuracy of the proposed dual-factor model,
the coefficient of determination (R?) and the root-mean-square error (RMSE) were calcu-
lated based on the experimental data. The definitions are as follows:

2
?:1 (ATmeas,i - ATpred,i )

R? =

RMSE = \/

2
?: 1 (A Tmeas,i —A Tmeas >

S|

n 2
Z (ATmeas,i - AT];)recl,i)
i=1
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where AT, is the measured critical air-to-coil temperature difference, AT, eq,; is the

value predicted by the model, ATineas is the mean of the measured values, and n is the
number of data points. Using the data listed in Table 6, the calculated R? is 0.908, and
the RMSE is 0.82 °C. These results demonstrate that the dual-factor model exhibits excel-
lent agreement with experimental measurements, with a prediction error well within the
engineering acceptable range.

In addition, based on engineering practice, control thresholds under extreme condi-
tions are defined to avoid defrosting too early or too late. The thresholds are set as follows:
(1) running time greater than 20 min; (2) the fan operating current is more than 1.2 times
the current when the fan is fully frosted at the corresponding fan frequency and lasts for
5 min. This forms an adaptive intelligent defrosting control technology.

The 20 min minimum run time threshold is derived directly from the experimental data
in Table 6. Under the most severe frosting conditions tested, the earliest detected 10% COP
reduction occurred at 20 min (at —12 °C, 90 Hz, with AT = 13.72 °C). Setting a minimum
run time of 20 min ensures that only sustained frosting events—not transient measurement
fluctuations—trigger defrosting, thereby avoiding mal-defrost. This value also aligns with
the typical compulsory defrost cycle timers used in commercial ASHP controllers.

The outdoor fan employed in the present system is a brushless DC (BLDC) motor
with closed-loop speed control. Under normal operation, the controller maintains a nearly
constant rotational speed by adjusting the winding current in response to load torque
variations. When frost accumulates on the outdoor coil, the increased airflow resistance
raises the load torque on the fan. To keep the rotational speed unchanged, the BLDC
controller increases the winding current; consequently, the measured fan current rises as
frost builds up. For the fan current threshold (1.2 X nominal), the selection is supported
by both the physical mechanisms observed in the present experiments and a recent study
by Tang et al. [7], who experimentally showed that as frost accumulates on the outdoor
coil, the airflow resistance increases, causing the airflow rate to drop and the fan electric
current to increase abruptly, leading to fan performance deterioration and a reduction in
system heating capacity. Their measurements demonstrated that a 20% increase in fan
current corresponds to a substantial airflow blockage and a frost layer thickness that already
causes a 10-15% COP decline under standard frosting conditions. The use of fan current
as a defrost initiation parameter is further validated by the work of Xu et al. [15], who
proposed a frosting state recognition method based on micro-fluctuations in evaporator
fan current, achieving recognition accuracy above 94% across a temperature range of —5 to
—20 °C. Additionally, the fan current threshold offers a more stable and less ambiguous
signal compared to temperature-based methods, which are sensitive to sensor placement
and environmental fluctuations.

Table 6. Time and temperature difference when 10% COP reduction for various frosting temperatures
and frequencies.

Compressor Ambient Time (min) Required for  Air-to-Coil Temperature Difference
Frequency f (Hz) Temperature ¢ (°C) 10% COP Reduction (AT, °C) When 10% COP Reduction

90 6 45 18.26

90 3 30 19.20

90 0 35 16.20

90 -3 55 16.96

90 -6 40 16.71

90 -9 35 16.72
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Table 6. Cont.

Compressor Ambient Time (min) Required for ~ Air-to-Coil Temperature Difference
Frequency f (Hz) Temperature ¢ (°C) 10% COP Reduction (AT, °C) When 10% COP Reduction

90 -12 20 13.72
76 6 70 16.70
76 3 40 15.26
76 0 35 15.60
76 -3 55 15.02
76 —6 55 14.62
76 -9 35 15.18
76 —12 25 13.72
60 6 80 14.70
60 3 55 14.20
60 0 40 14.46
60 -3 40 14.40
60 —6 70 13.96
60 -9 65 11.62
60 -12 40 12.94
45 6 70 -

45 3 60 12.19
45 0 45 12.80
45 -3 60 12.60
45 —6 60 10.20
45 -9 60 10.96
45 —12 45 11.44
30 6 30 -

30 3 95 12.19
30 0 55 10.19
30 -3 100 9.26
30 —6 85 9.03
30 -9 45 9.66
30 -12 80 8.62

Figure 9 compares the measured and model-predicted values of the air-to-coil tem-
perature difference when the unit’s 10% COP reduction occurs under different frequency
and ambient temperature conditions. Data analysis shows that the prediction results of
the two-factor fitting model based on ambient temperature and compressor frequency
are in good agreement with the measured values. The vast majority of data points are
evenly distributed on both sides of the model’s calculated value, indicating high prediction
accuracy. Calculations show that the maximum deviation between the predicted and
measured values under all operating conditions does not exceed 10%, which is acceptable
for engineering applications, fully verifying the effectiveness and reliability of the fitting
formula AT = f(t, f).
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Figure 9. Comparison of measured and calculated values of air-to-coil temperature difference when
the unit 10% COP reduction at different frequencies and ambient temperatures (6 °C, 3 °C, 0 °C,
-3°C, —6°C, -9 °C,and —12°C).

3.5. Validation of the Temperature—Frequency Two-Factor Fitting Model
3.5.1. Single-Factor Validation

Figure 10a shows the comparison between the measured and model predicted values
of the air-to-coil temperature difference when the unit 10% COP reduction under a fixed
ambient temperature of 0 °C, by additionally designing multiple frequency conditions
such as 40, 55, 70, and 85 Hz. It can be seen that the data points at the newly added
operating frequencies are evenly distributed on both sides of the reference line and fall
entirely within the £10% error band. This result clearly confirms that, under a single
ambient temperature variable, the established critical air-to-coil temperature difference
prediction model AT =f£(f) |(t =0 °C) can accurately capture the influence of different
frequency changes on the critical point of system performance. The verification at the
added frequency points further strengthens the effectiveness and reliability of the model,
providing solid data support for the accurate formulation of defrosting control strategies.
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Figure 10. Comparison of measured and calculated values of air-to-coil temperature difference when the
unit 10% COP reduction at a fixed ambient temperature of 0 °C (a) and at a fixed frequency of 76 Hz (b).
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Figure 10b shows the comparison between the measured and model-predicted values
of the air-to-coil temperature difference corresponding to a 10% COP reduction when the
ambient temperature changes, under the condition that the compressor frequency is fixed
at 76 Hz. Test data from multiple temperature conditions, including 2 °C, —1 °C, —4 °C,
—7°C, and —10 °C, show that the measured values at all temperatures are highly consistent
with the model calculations and are evenly distributed on both sides of the reference line,
falling entirely within the +10% error range. This result further confirms that, under
a fixed frequency variable, the established critical temperature difference prediction model
AT={(t) | (f =76 HZ) can accurately reflect the effect of different ambient temperatures on
the critical point of system performance. The validation at the added temperature points
significantly enhances the model’s applicability and reliability over a wide temperature
range, providing a more comprehensive theoretical basis for the accurate formulation of
defrosting control strategies under complex operating conditions.

3.5.2. Two-Factor Validation

Based on the above experiments, further verification tests were conducted under cou-
pled conditions of multiple factors (relative humidity, ambient temperature, and compressor
frequency). By setting the relative humidity to 85% (Tables 7-9) and 75% (Tables 10-12),
and the ambient temperature to 0 °C (Tables 7 and 10), —3 °C (Tables 8 and 11), and
—6 °C (Tables 9 and 12), and allowing the heat pump to run freely in variable frequency
mode (temperature fluctuation controlled within £2 °C), the system collected measured
data of the air-to-coil temperature difference under different operating conditions and
compared them with the model prediction values. The results are shown in the Tables 7-12.
The results show that under coupled operating conditions where ambient temperature
(0°C, =3 °C, —6 °C), relative humidity (75%, 85%), and compressor frequency (58-90 Hz)
change together, the established critical air-to-coil temperature difference prediction model
(AT = £ (t, f)) exhibits good engineering applicability and prediction accuracy. Specifically,
in different combinations of operating conditions, when the deviation between the mea-
sured value and the calculated value of the air-to-coil temperature difference is within 12%,
the system COP decrease rate is stably maintained at around 10%. This result verifies that
the model can accurately capture the critical decay point of system performance during the
frosting process. Most importantly, the data comparison under the same temperature and
different humidity conditions shows that the humidity change did not have a significant
impact on the critical air-to-coil temperature difference, which further strengthens the
reliability of the model with temperature and frequency as the core criteria and provides
solid data support and theoretical basis for the formulation of intelligent defrosting control
strategies under complex actual conditions.

Table 7. The air-to-coil temperature difference under variable frequency operating conditions with
ambient temperature 0 + 2 °C and relative humidity 85%, compared with model predictions.

Ambient Control AT (Converted Di Frost Layer
. ifference from . cor
Time Tempera- Value AT from Measured Control Value Thickness cor Decline
ture (°C) (@) Pressure) (°C) (mm)
19:33 —0.45 15.56 10.76 —30.87% 2.52 14.58%
19:38 —0.14 15.63 10.56 —32.45% micro-hang 2.68 9.15%
19:43 —-1.25 15.40 11.01 —28.52% 0.1 2.66 9.83%
19:48 —1.88 15.28 10.92 —28.54% 0.2 2.62 11.19%
19:53 1.32 15.92 11.51 —27.72% 0.3 2.85 3.39%
19:58 1.89 16.04 12.08 —24.68% 0.4 2.95 0.00%
20:03 0.39 15.73 12.65 —19.60% 0.5 2.85 3.39%
20:08 —0.03 15.65 12.77 —18.42% 0.6 2.7 8.47%
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Table 7. Cont.

Ambient Control AT (Converted Frost Layer

Time Tempera- Value AT from Measured Déifsif(ﬁc‘efjlrl(:;n Thickness cor DScOliI;e
ture (°C) O Pressure) (°C) (mm)
20:13 —0.22 15.61 14.24 —8.80% 0.7 2.62 11.19%
20:18 —-0.35 15.58 15.85 1.68% Full 244 17.29%
20:23 0.1 15.67 18.12 15.63% 2.33 21.02%
20:28 0.01 13.85 13.90 0.40% 1.87 36.61%
Table 8. The air-to-coil temperature difference under variable frequency operating conditions with
ambient temperature of —3 £ 2 °C and relative humidity of 85%, compared with model predictions.
Ambient AT AT (Pressure Difference Frost Layer COP
Time Frequency Tempera- Calculation Conversion) from Control  Thickness COP Decline
ture (°C) O (@) Value (mm)
14:20 76 -3.15 15.02 10.19 —32.15% 0.1 24 13.36%
14:25 76 -3.19 15.01 10.70 —28.69% 0.25 2.63 5.05%
14:30 76 —4.42 14.76 10.61 —28.16% 0.35 2.6 6.14%
14:35 76 -19 15.27 9.83 —35.63% 0.4 2.73 1.44%
14:40 76 —-2.13 15.23 11.76 —22.73% 0.5 277 0.00%
14:45 76 -3.14 15.02 10.75 —28.41% 0.6 2.66 3.97%
14:50 76 —2.74 15.10 12.29 —18.64% 0.7 2.69 2.89%
14:55 76 -3.09 15.03 13.11 —12.81% 0.75 2.58 6.86%
15:00 76 —2.92 15.07 14.48 —3.86% Full 2.5 9.75%
15:05 76 —2.93 15.06 15.09 0.21% 2.35 15.16%
15:10 76 —2.77 15.10 18.54 22.79% 221 20.22%
Table 9. The air-to-coil temperature difference under variable frequency operating conditions with
ambient temperature of —6 £ 2 °C and relative humidity of 85%, compared with model predictions.
Ambient AT AT (Pressure Difference Frost Layer COP
Time Frequency Tempera- Calculation Conversion) from Control  Thickness  COP Decline
ture (°C) O O Value (mm)
17:05 70 —6 13.80 9.61 —30.40% micro-hang  2.08 19.69%
17:10 76 —6.47 14.35 9.14 —36.34% 0.1 2.33 10.04%
17:15 76 -7.39 14.16 10.01 —29.30% 0.2 2.32 10.42%
17:20 76 -5.12 14.62 8.77 —39.99% 0.3 2.53 2.32%
17:25 76 —4.87 14.67 10.74 —26.83% 0.4 2.59 0.00%
17:30 76 —6.41 14.36 10.38 —27.70% 0.5 2.49 3.86%
17:35 76 -7.17 14.21 10.23 —27.97% 0.6 243 6.18%
17:40 76 —5.82 14.48 10.38 —28.35% 0.65 2.5 3.47%
17:45 76 —-5.98 14.45 11.42 —20.93% 0.7 2.52 2.70%
17:50 76 —6.09 14.43 11.93 —17.27% 0.75 25 3.47%
17:55 76 —6.06 14.43 12.60 —12.72% Full 245 5.41%
18:00 76 —6.01 14.44 14.61 1.19% 24 7.34%
18:05 64 —6.04 13.15 8.99 —31.68% 1.94 25.10%
18:10 58 —-5.77 12.56 11.63 —7.37% 1.57 39.38%
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Table 10. The air-to-coil temperature difference under variable frequency operating conditions with
ambient temperature 0 & 2 °C and relative humidity 75%, compared with model predictions.

Ambient AT AT (Pressure Difference Frost Layer COP
Time Frequency Tempera- Calculation Conversion) from Control  Thickness  COP Decline
ture (°C) (@) (@) Value (mm)
12:56 76 —-0.33 15.59 9.86 —36.76% 2.57 13.76%
13:01 76 —0.1 15.63 10.60 —32.23% micro-hang  2.78 6.71%
13:06 76 —0.67 15.52 11.06 —28.73% 0.1 2.79 6.38%
13:11 76 —2.02 15.25 10.78 —29.32% 0.2 2.76 7.38%
13:16 76 -1.2 1541 11.60 —24.76% 0.3 2.78 6.71%
13:21 76 1.54 15.96 11.23 —29.67% 0.4 2.98 0.00%
13:26 76 1.65 15.99 12.35 —22.78% 0.45 293 1.68%
13:31 76 —0.09 15.64 12.71 —18.74% 0.5 2.73 8.39%
13:36 76 -0.39 15.58 12.95 —16.85% 0.6 2.71 9.06%
13:41 76 —0.18 15.62 13.71 —12.19% 0.7 2.69 9.73%
13:46 76 0.08 15.67 15.69 0.10% 0.75 2.65 11.07%
13:51 64 —0.26 14.25 9.93 —30.33% Full 2.55 14.43%
13:56 58 0.05 13.63 13.39 —1.75% 1.62 45.64%
Table 11. The air-to-coil temperature difference under variable frequency operating conditions with
ambient temperature of —3 £ 2 °C and relative humidity of 75%, compared with model predictions.
Ambient AT AT (Pressure Difference Frost Layer COP
Time Frequency Tempera- Calculation Conversion) from Control  Thickness  COP Decline
ture (°C) O O Value (mm)
15:11 76 —3.08 15.03 10.81 —28.07% 247 12.72%
15:16 76 —3.54 14.94 11.49 —23.12% micro-hang  2.53 10.60%
15:21 76 —4.53 14.74 11.67 —20.87% 0.1 2.62 7.42%
15:26 76 —4.89 14.67 10.72 —26.95% 0.15 2.6 8.13%
15:31 76 —4.11 14.83 10.35 —30.22% 0.2 2.67 5.65%
15:36 76 —1.56 15.34 11.24 —26.75% 0.25 2.83 0.00%
15:41 76 —-1.8 15.29 11.54 —24.53% 0.3 2.78 1.77%
15:46 76 —2.82 15.09 11.64 —22.87% 0.4 2.76 2.47%
15:51 76 —-3.53 14.94 11.50 —23.06% 0.5 2.68 5.30%
16:06 76 —3.66 14.92 11.37 —23.80% 0.55 2.67 5.65%
16:01 76 —4.03 14.84 11.58 —22.01% 0.6 2.61 7.77%
16:06 76 -3.07 15.04 11.39 —24.27% 0.7 2.67 5.65%
16:11 76 —2.41 15.17 13.20 —13.00% 0.75 2.69 4.95%
16:16 76 —2.99 15.05 13.21 —12.27% Full 2.62 7.42%
16:21 76 —3.46 14.96 13.33 —10.85% 2.57 9.19%
16:26 36 -3.14 10.63 6.55 —38.39% 2.54 10.25%
16:31 58 —-2.97 13.08 10.37 —20.68% 227 19.79%
Table 12. The air-to-coil temperature difference under variable frequency operating conditions with
ambient temperature of —6 £ 2 °C and relative humidity of 75%, compared with model predictions.
Ambient AT AT (Pressure Difference Frost Layer COP
Time Frequency Tempera- Calculation Conversion) from Control  Thickness  COP Decline
ture (°C) O (@) Value (mm)
18:12
18:17 70 —-5.72 13.86 9.31 —32.84% 223 18.32%
18:22 76 —6.17 14.41 10.03 —30.43% micro-hang  2.28 16.48%
18:27 76 —7.42 14.16 9.98 —29.48% 0.1 2.31 15.38%
18:32 76 —7.57 14.13 10.45 —26.00% 0.2 2.35 13.92%
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Table 12. Cont.

Ambient

AT

AT (Pressure

Difference

Frost Layer

Time Frequency Tempera- Calculation Conversion) from Control  Thickness  COP DScoliI;e
ture (°C) O O Value (mm)

18:37 76 —6.8 14.28 9.99 —30.03% 0.25 2.45 10.26%
18:42 76 —4.8 14.69 10.23 —30.37% 0.3 2.56 6.23%
18:47 76 —4.2 14.81 12.00 —18.99% 0.35 2.66 2.56%
18:52 76 —6.28 14.39 11.12 —22.69% 0.4 2.52 7.69%
18:57 76 —7.33 14.18 10.69 —24.56% 0.5 2.40 12.09%
19:02 76 —6.72 14.30 10.68 —25.28% 0.6 2.45 10.26%
19:07 76 —6.06 14.43 11.34 —21.40% 0.65 2.49 8.79%
19:12 76 —6.11 14.42 11.91 —17.39% 0.7 2.48 9.16%
19:17 76 —6.13 14.42 11.89 —17.50% 0.75 2.73 0.00%
19:22 76 —6.19 14.41 12.47 —13.47% 0.78 2.44 10.62%
19:27 76 —6.01 14.44 13.29 —7.98% Full 2.42 11.36%
19:32 76 —6.15 14.41 14.47 0.41% 2.35 13.92%
19:37 58 —5.91 12.53 9.12 —27.27% 1.99 27.11%

3.6. Comparison with Traditional Defrost Strategies

To further highlight the advantages of the proposed dual-factor defrosting model,

a systematic comparison with representative traditional defrost strategies is provided in

Table 13. These strategies include the conventional time—temperature (T-T) method [16],

a pressure-based approach using differential pressure sensors [8], and two Al-based meth-

ods: deep reinforcement learning [9] and image gray recognition [11].

Table 13. Comparison of the proposed model with traditional defrost strategies.

Representative Key Features/Input e
Strategy Type Study Parameters Advantages Limitations
Conventional Temperature Cannot adapt to variable

Time-based (T-T)

method (Liu et al.,

threshold (—3 °C) +

Simple, low cost

frosting conditions;
mal-defrost rate high

2017) [16] fixed time (60 min) (68% reported)
. . Requires additional
Differential pressure . . . o
Pressure-based Chung et al. SENSOr ACTOSS Directly reflects airflow  sensor; prediction error
(2019) [8] blockage ~5.5% but limited to
evaporator o
specific heat exchangers
Al-based (deep . . Standard Adaptive; improves .ComPutatlona'lly
. Klingebiel et al. . intensive; requires
reinforcement temperature sensors;  seasonal efficiency by L
. (2025) [9] .. o training; black-box
learning) self-optimizing 7.1-91%
model
Hich defrostin Requires camera and
Al-based (image  Wang et al. (2024) Camera; image & o & image processing
L . accuracy (93.33%); COP e
gray recognition) [11] grayscale processing 36,69 hardware; lighting
e sensitivity
No extra sensors needed;
Ambient physically transparent; Limited to
Proposed model Dual-factor temperature (t) and captures inverter-driven ASHPs;
(this work) model AT ={(t, f) compressor temperature-frequency  model constants specific
frequency (f) coupling; prediction to tested unit

error < 10%; R? = 0.908
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As shown in Table 13, the conventional T-T method is simple and low-cost, but its
inability to adapt to variable frosting conditions leads to a high mal-defrost rate (up to
68% [16]). The pressure-based method offers a direct measure of airflow blockage, yet it
requires an additional sensor, and its prediction error (=5.5%) is only validated for specific
heat exchanger geometries [8]. Al-based methods achieve notable performance gains-for
instance, the image gray recognition equipment (IGRE) improves defrosting accuracy by
42.86% and COP by 36.60% compared to T-T control [11]. However, these methods demand
extra hardware (cameras, processors) and computational resources, and their black-box
nature makes physical interpretation difficult.

In contrast, the proposed dual-factor model offers several distinct advantages. First,
it requires no additional sensors beyond those already present in a standard ASHP (tem-
perature and pressure transducers). Second, the model is physically transparent: the
cross-term coefficient explicitly quantifies the coupling effect between ambient temperature
and compressor frequency. Third, its predictive performance is excellent, with R? = 0.908,
RMSE = 0.82 °C, and a prediction error below 10% across all tested conditions. These
features make the model a practical, low-cost, and accurate tool for on-demand defrosting
control in inverter-driven ASHPs, especially when compared to more complex or less
adaptive conventional strategies.

4. Conclusions

This study investigated frosting and performance degradation of air-source heat
pumps (ASHPs). A controlled environmental platform was used. The coupled effects of
ambient temperature and compressor frequency were revealed. Key findings are as follows:
(1) Frost accumulation was most severe near 0 °C. Increased thermal resistance caused
a decline in heating capacity and COP. (2) Higher compressor frequencies enhanced initial
heating capacity. However, they also accelerated frosting and performance deterioration.
An optimal energy efficiency balance was found at approximately 45 Hz for the tested
system. (3) Relative humidity had a negligible effect on the critical AT at the 10% COP
reduction threshold. Its variation was less than 5%. Thus, relative humidity is a secondary
factor in defrosting control. (4) A dual-factor prediction model for critical defrosting
AT was developed. The model uses ambient temperature () and compressor frequency
(f) as independent variables. The model showed high reliability. Its prediction error
was below 10% in both single-factor and multi-factor tests. Collectively, this research
provides a theoretical framework and a practical engineering tool. These can help optimize
intelligent defrosting strategies. They can also enhance the operational stability of variable-
frequency ASHPs under complex climates.
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