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Preface to ”Selected Papers from the 16th International

Symposium on Magnetic Bearings (ISMB16)”

Magnetic bearing is an electromagnetic device that provides magnetic force in order to suspend

shafts, in contrast to other conventional bearings which rely on mechanical force. With the inherent

distinguished features including the absence of mechanical wear, the elimination of lubrication,

long life expectation, tunable stiffness and damping, as well as high attainable rotating speeds,

magnetic bearings are widely applied in compressors, bearingless motors, and other high-speed

rotating machinery applications. The fast and continued expansion of magnetic bearings has trigged

enormous interest in both academia and industry. In 2018, the 16th International Symposium on

Magnetic Bearings (ISMB16) was held in Beijing, China. In this symposium, six plenary speeches

and 112 selected papers were presented. Herein, eight distinguished papers were selected to be

published as Special Issues. These papers are suggested to provide new insights for the development

of magnetic bearings, with emphasis on thermal behavior analysis, electrodynamic thrust bearings

analysis, viscoelastic damping design, magnetic spring, condition monitoring, self-bearing motors

performance.

Jin Zhou, Huachun Wu, Satoshi Ueno, Feng Sun

Editors
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Experimental Investigations on Self-Bearing Motors
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Abstract: The centering guidance forces in self-bearing permanent magnet motors are magnetically
integrated with the torque generation windings, and can take place in a single multifunction winding.
This radial guidance is usually actively controlled as a function of the rotor position, with the
drawbacks associated to actively controlled devices. This article describes how multifunction
windings can passively generate electrodynamic centering forces without the need for specific
additional electronics, and simultaneously a driving torque if fed by a power supply. It shows the
experimental electromotive force (EMF) measures, both for the electrodynamic centering and for
the motor functions, obtained on a prototype, operating in quasistatic conditions. It also shows the
measured radial forces generated by the electrodynamic bearing and the measured drive torque in
these conditions. These measures show a good agreement with model predictions. These measures
also confirm the theoretical conclusions stating that it is possible to generate passive guidance forces
and torque simultaneously in a single winding. The effect of adding external inductors on the coils of
the prototype is also investigated by experimental measures and model predictions on the bearing
radial forces, and on the motor driving torque. It is shown that these external inductors mainly affect
the radial guidance forces with minor impact on the torque.

Keywords: self-bearing motor; electrodynamic bearing; passive levitation

1. Introduction

Self-bearing motors are an attractive solution to issues related to compactness and maximum
spin speed. Various kinds of electric machines have been studied for self-bearing operation, where
self-bearing operation means a system in which the drive function and the bearing function are
magnetically integrated. This bearing function is always achieved, at least for one degree of freedom,
by the generation of guidance forces controlled by modulating a current as a function of the rotor
position. Examples of various types of self-bearing motors can be found in the literature, for example,
in [1–5]. Active guidance in self-bearing-motors can be related to active magnetic bearings (AMBs),
which allow reaching relatively high stiffness values, high positioning precision, and have reached a
certain level of industrial maturity. However, the complexity, cost, and overall dimensions associated
with this control system can be prohibitive, e.g., for low-rated power applications.

Passive guidance for self-bearing motors has not been substantially investigated. However,
some references show that when short-circuiting the guidance windings of self-bearing motors, some

Actuators 2019, 8, 48; doi:10.3390/act8020048 www.mdpi.com/journal/actuators1
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restoring forces appear. Reference [6] shows a self-bearing induction motor with the rotor mounted on a
flexible shaft and supported by external bearings. The bearing windings, usually controlled to provide
an active guidance for the rotor, were simply short-circuited. The article shows that the vibrations
decreased with short-circuited bearing windings compared with open circuit bearing windings, but
less than when the bearing windings are actively controlled. The same kind of observation was
reported in [7] for a two-pole induction motor. Finally, the principle of radial forces generation with
bearing windings in short circuit for a self-bearing switched reluctance machine is studied in [8] and a
reduction of the vibrations was observed.

This guidance based on short-circuited coils could be improved if the short-circuited windings
were specially designed and optimized for passive guidance. This is the case of electrodynamic
magnetic bearings (EDBs). EDBs are based on forces resulting from the interaction between a magnetic
field and currents induced in conductors by a variation of the magnetic field seen by these conductors.
This variation arises from a space variation of the field and a relative motion between the conductor
and the magnetic field. Preferably, electrodynamic bearings are designed in such a way that currents
are only induced when the rotor is off-centered, in order to avoid unnecessary losses in the centered
position, these latter are null flux electrodynamic bearings. However, these bearings are difficult to
design as their stability depends on the rotor spin speed and on the damping present in the system [9].
Moreover, their stiffness depends on the spin speed, and the specific load capacity of EDBs remains
lower than that of active magnetic bearings (AMBs) [10].

Centering homopolar EDBs have received much interest, resulting in dynamic models [9,11],
prototypes, and a successful levitation test [12]. More recently, centering heteropolar bearings have been
studied, leading to design rules on the windings so as to be null-flux [13]. Design rules are also given
in [1] for dual-purpose windings (active radial guidance and motor windings) in self-bearing motors
with no-voltage when the rotor is centered, which relates to null-flux windings in electrodynamic
bearings. Regarding the dynamic behavior and the passive electrodynamic guidance forces generated
in heteropolar EDBs, a model is provided in [14]. Heteropolar EDBs present a structure close to
permanent magnet (PM) motors, and integration of the EDB inside the PM motor gives the opportunity
to take advantage of the magnetic field produced by the permanent magnets already present inside the
motor for the generation of radial forces. It can also be noted that PM motors are particularly well
suited for high spin speed operation and that EDBs produce a maximal stiffness at high spin speed,
which gives even more sense to this integration. This kind of integration, a centering heteropolar EDB
inside a PM motor, has already been described in [15] for two cases: the first one with two distinct
windings systems for the motor and the guidance functions, and the second one with one single
multifunction winding system. A finite element (FE) study of an application case is also considered in
this paper, showing the theoretical feasibility of such a device, for a slotless winding configuration.

The goal of this paper is to go a step further in the study of self-bearing PM motors, in which
the passive electrodynamic radial guidance generation takes place in the same winding as the torque
generation of the motor (one single multifunction winding). A prototype of a heteropolar centering
EDB with a radial magnetic field has been constructed, and its guidance performances have been
studied in [16]. Consecutive to the theoretical studies presented in [15], the prototype presented
in [16] is experimentally investigated as a self-bearing motor in [17], to confirm its ability to also
develop a driving torque. This article first outlines the experimental results obtained on the prototype
without modifications [17], as well on the generated electromotive forces for the bearing function
and for the motor function, as on the measures of the guidance forces and driving torque developed.
These measures show that, in the range of spin speeds considered for the experimental measures, the
prototype can indeed develop a driving torque and develop radial forces. However, those measures on
the radial forces show that the restoring radial forces are smaller than the parasitic radial force. In this
article, new experimental measures on the prototype are presented: additional external inductors
are connected to the coils, which changes the electrical pole of the prototype. These new measures
show that by changing the electrical pole of the prototype, it is possible to have a radial restoring force
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more important than the parasitic force within the same range of spin speeds. The influence of these
additional external inductors on the value of the drive torque is also investigated. Finally, this article
compares all the experimental measures, for the guiding forces and for the driving torque, with and
without additional inductors, to the theoretical model predictions.

The present article is structured as follows: it first briefly explains how a single winding can
be designed to act as an EDB winding and as a motor winding. In the next section, the model is
briefly explained. Next, the prototype and the test bench are described. Next, the article shows
quasistatic experimental results, in terms of electromotive force (EMF), both for the EDB and for the
motor functions. Finally, the article shows the experimental measures obtained for the radial forces and
driving torque when a load is connected to the prototype. These measures are shown for the prototype
as it is, and when additional inductors are connected to the coils. Measures of the currents inside the
coils are also shown. These measures are also compared to model predictions, before the conclusions.

2. Operating Principle

This section briefly describes the general operating principle of a single multifunction winding
performing both drive and EDB principles, in the case of a PM rotor with one pole pair. In this case,
p = 1, the motor winding also has one pole pair in order to achieve optimal magnetic coupling and
to generate a driving torque. An example of such a winding, with a window frame configuration
and for one phase, is shown in Figure 1a. Concerning the EDB winding, as explained in [6], when
the rotor is an internal rotor, the EDB short-circuited winding has to have two pole pairs (p + 1) to
be magnetically coupled to the harmonics linked to the rotor off-centering. An example of such a
winding, also with a window frame configuration and for one phase, is shown in Figure 1b. From these
figures, it can be seen that these two windings can be combined into one single multifunction winding.
This is shown in Figure 2, consistently for one phase. This multifunction winding can be fed through
terminals RS and RF to produce a torque: both coils are then connected in an antiparallel configuration.
However, this winding also allows for a short circuit path consisting of both coils connected in series.
The currents induced when the rotor is moving out-centered can then circulate in this short-circuit
path and generate electrodynamic restoring forces.

  
(a) (b) 

Figure 1. Unrolled view of a one-pole pair permanent magnet rotor with one phase (a) of a motor
winding and (b) of an electrodynamic bearing winding if the rotor is internal.

3
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Figure 2. Unrolled view of phase 1 of a multifunction winding performing both motor and passive
electrodynamic magnetic bearing (EDB) centering functions for a one-pole pair internal permanent
magnet rotor.

3. Simplified Analytical Model

We make the following assumptions:

• the materials have linear magnetic characteristics,
• only the highest harmonics in the permanent magnet field distribution are considered,
• the rotor only undergoes translational eccentricity, i.e., the magnetic axis of the rotor and of the

winding remain parallel,
• the rotor spin speed ω is constant.

Based on these assumptions, the magnetic vector potential due to the permanent magnet rotor has
only one axial component, AMz, which can be derived as described in [6,7]. Finally, when the rotor is
internal and has one pole pair, the magnetic vector potential is worth at a point P placed at coordinates
(r, θ) from the stator center (as shown in Figure 3):

→
A = AMz(r,θ)

→
ez =

[
A(r) sin(θ−ωt) + εAi(r) sin(2θ−ωt−φ)

]→
ez, (1)

where A(r) and Ai(r) are the amplitude of the vector potential component of periodicity p = 1 when the
rotor is centered and of periodicity p + 1 = 2 when the rotor is off-centered, respectively. They depend
on the geometric and magnetic properties of the system. The distance between the rotor and stator
center is named ε, and the direction of off-centering is named Φ.

r

Figure 3. Frames and coordinates used for the model.

Considering window frame windings connected as illustrated in Figure 2, the magnetic flux

seen by each coil of the winding of phase k can be calculated by integrating Φ =
∮

Γk

→
A
→
dl, along the

4
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conductors of these coils, with
→
A described in (1). From there, the electromotive forces e(t) generated

on each coil is calculated by derivation of the flux , as detailed in [8], resulting in:

e0(t) = ωKΦ,mot sin(δk −ωt), (2)

ed(t) = εωKΦ,EDB sin(2δk −ωt−φ), (3)

where δk represents the angular position of the magnetic axis of the first coil of the winding of phase
k. The first EMF (2), with phasor E0, is generated by the inductor in the windings when the rotor is
centered, is independent of the out-centering amplitude and can be linked to the motor behavior of the
winding. The flux constant KΦ,mot is equal to 2A

(
Rwinding

)
sin

(
τ
2

)
. The second EMF (3), with phasor Ed,

is the EMF induced by the harmonics of the magnetic field appearing when the rotor is not centered. It
is proportional to the decentering amplitude, and relates to the EDB behavior of the winding. Its flux
constant KΦ,EDB is equal to 2Ai

(
Rwinding

)
sin(τ). From these equations, it can be seen that there will

be a compromise to make on the coil pitch τ: a coil pitch of 180◦ maximizes the motor behavior, but
cancels the EDB behavior. A coil pitch of 90◦ maximizes the EDB behavior, but at the expense of a
smaller flux constant related to the motor behavior.

Equivalent electrical circuits for each phase of the multifunction winding can be represented as
in Figure 4 [10]. In this circuit, the left and right branches correspond respectively to the coils facing
a north or a south pole inside one phase winding. For the case represented in Figure 2 (p = 1), the
left branch simply corresponds to the left coil, and the right branch to the right coil. Both branches
have the same resistance R, and same cyclic inductance Lc, as each coil inside the winding is identical.
Two EMFs appear on each part of the circuit. The motor EMF, E0, has the same sign on both coils of the
winding, given the antiparallel connection between them. The bearing EMF, named Ed, has opposite
signs for each coil given the series connection of the coils seen by the winding in this case.

Figure 4. Equivalent electrical circuit of phase 1 of a multifunction winding for a one-pole pair internal
inductor, with R the resistance of one coil, Lc, the cyclic inductance of one coil, E0, the electromotive
force (EMF) when the rotor is centered and Ed, the EMF linked to the center shift.

The electrical equations of the equivalent circuit of phase 1, as shown in Figure 4, are:

URS−RF + E0 + Ed −RI1,1 − jωLcI1,1 = 0, (4)

URS−RF + E0 − Ed −RI1,2 − jωLcI1,2 = 0, (5)

I1,1 + I1,2 = I1. (6)

The same equations can be written for the N phases of the system.
In Equation (6), the total current I1 refers to the current supplied by the power supply, and it only

contributes to the torque generation. Indeed, when the rotor is centered, the induced EMF Ed is equal
to zero. The current distribution in each loop is then balanced and equates to:

1
2

I1 = I1,1 = I1,2 =
URS−RF + E0

R + jωLc
(7)

5
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When the rotor is out-centered, an unbalance between the currents in each loop appears, generated
by the EMF Ed. However, the total current I1 remains at the same value as when the rotor is centered:

I1,1 =
URS−RF + E0

R + jωLc
+

Ed
R + jωLc

, (8)

I1,2 =
URS−RF + E0

R + jωLc
− Ed

R + jωLc
, (9)

I1 = 2
URS−RF + E0

R + jωLc
. (10)

The bearing restoring forces can be predicted by the state-space model presented in [9], which
links the two degrees of freedom point mass rotor dynamic behavior to the electrodynamic forces
developed inside a heteropolar bearing.

⎡⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

.
Fx.
Fy

ẍ
ÿ
.
x
.
y

⎤⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦
=

⎡⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

− Rbearing
Lc,bearing

ωe −Kd −
K2

Φ,bearingN

2Lc,bearing
0 −RbearingKd

Lc,bearing
ωe

(
K2

Φ,bearingN

2Lc,bearing
+ Kd

)

−ωe − Rbearing
Lc,bearing

0 −Kd −
K2

Φ,bearingN

2Lc,bearing
−ωe

(
K2

Φ,bearingN

2Lc,bearing
+ Kd

)
−RbearingKd

Lc,bearing

1
M 0 − C

M 0 0 0
0 1

M 0 − C
M 0 0

0 0 1 0 0 0
0 0 0 1 0 0

⎤⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦

⎡⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

Fx

Fy
.
x
.
y
x
y

⎤⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦
(11)

In the system analyzed in this paper, the electrodynamic bearing function is constituted by two
identical coils in series, which means that from a bearing point of view, the winding total inductance
and resistance are 2Lc and 2R, and its total flux constant is 2KΦ,EDB. Considering a system without
ferromagnetic yoke (no detent forces), the detent stiffness Kd is zero. When the rotor is a one-pole pair
internal rotor, the model parameter ωe representing the electric pulsation of the rotor is equal to ω.
The equation governing the dynamics of the system then becomes:

⎡⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

.
Fx.
Fy
..
x
..
y
.
x
.
y

⎤⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦
=

⎡⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

− R
Lc

ω − 2K2
Φ,EDBN

Lc
0 0 ω

(
2K2

Φ,EDBN
Lc

)

−ω − R
Lc

0 − 2K2
Φ,EDBN

Lc
−ω

(
2K2

Φ,EDBN
Lc

)
0

1
M 0 − C

M 0 0 0
0 1

M 0 − C
M 0 0

0 0 1 0 0 0
0 0 0 1 0 0

⎤⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦

⎡⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

Fx

Fy
.
x
.
y
x
y

⎤⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦
(12)

In this equation, C represents the additional damping in the system, and M is the rotor mass.
In quasistatic conditions, i.e., when the rotor is spinning in a fixed out-centered position, these
equations can be simplified, and two force components appear: one restoring component, acting to
re-center the rotor, and one parasitic component, acting perpendicular to the center shift. In this case,
these two components are equal to:

Fparal =
2N(KΦ,EDBω)

2Lc

R2 + (ωLc)
2 ε, (13)

Fperp =
2N(KΦ,EDB)

2ωR

R2 + (ωLc)
2 ε. (14)
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The electrodynamic drag torque produced by the bearing function can be calculated as follows:

TEDB = −xFy + yFx . (15)

4. Prototype and Test Bench

A prototype of a centering heteropolar electrodynamic bearing has been constructed [16] and
is used in this article to investigate its passive self-bearing capacities, to eventually confirm the
theoretical conclusions of [15], stating that in a slotless configuration, it is possible to simultaneously
generate sufficient passive electrodynamic centering forces and a driving torque in a single
multifunction winding.

This prototype consists of a one-pole pair permanent magnet rotor, and a three-phase multifunction
winding. The one-pole pair permanent magnet is formed by an annular NdFeB permanent magnet
with parallel polarization, mounted on the shaft, and generating a sinusoidal magnetic field inside the
airgap. Each phase of the stator coils consists of two concentrated window frame coils at 180◦. There is
no ferromagnetic yoke behind those coils, and the nominal airgap when the rotor is centered is 4 mm.
A picture of the prototype is shown in Figure 5, and its characteristics are presented in Table 1.

    
(a) (b) (c) (d) 

Figure 5. Picture of (a) One stator coil, (b) the stator, (c), the rotor, and (d) the centering heteropolar
electrodynamic bearing prototype, investigated for its torque generation and self-centering capacities.

Table 1. Characteristics of the prototype.

Parameter Value

Outer PM rotor diameter 25 mm
Inner PM rotor diameter 15 mm

Height of PM rotor 50 mm
Rotor magnet NdFeB

PM remanence 1.3 T
Rotor shaft Steel
Coil turns 560

Number of coils/phase 2
Number of phases 3
Coil wire diameter 0.2 mm

Coil total height 62 mm
Coil total width 17 mm
Coil thickness 4 mm

Stator inner diameter 33 mm
Nominal airgap 4 mm
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A sectional schematic representation of the prototype is given in Figure 6, showing the current
directions inside the windings when desiring a centering force or a torque, in accordance with the
operating principle explained in the previous section.

  
(a) (b) 

Figure 6. Schematic view of the prototype, with the current directions inside each phase resulting in (a)
an electrodynamic centering force and (b) a motor torque.

The test bench is shown in Figure 7. It is designed to operate in quasistatic conditions, i.e., the
rotor spins in a fixed out-centered position relatively to the stator. The rotor is driven by an external
motor and its radial position is fixed. The stator is mounted on an xy manual stage, allowing displacing
the stator with respect to the rotor with a micrometric precision. This test bench configuration allows
to get rid of dynamic issues as the rotor is fixed by mechanical bearings. The relative displacement
between the stator and the rotor is obtained by adjusting the stator position through the manual stage.
The test bench is also equipped with a six-axis force sensor, measuring the reaction forces and torques
on the stator winding. Finally, the prototype is encased inside an enclosure for safety.

 

Figure 7. Picture of the test bench for operation of the prototype in quasistatic conditions, with an
external motor to drive the rotor.

5. Electromotive Forces

5.1. Experimental Results

An initial experiment was carried out to characterize the electromotive forces on the windings.
The windings are left in open circuit, and the induced electromotive forces are measured on the two
coils of each of the three phases (m1(t) and m2(t)), which correspond to the phasors M1 and M2 on the
equivalent circuit, in Figure 8, for one phase.

8
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Figure 8. Principle of experimental measurements of the EMF shown on equivalent electrical circuit.

The induced EMFs are measured for various center shifts and various spin speeds: on the three
phases, for spin speeds of 2400, 3600, 4800, and 6000 rpm, while displacing the rotor in the x–y plane
by steps of 0.25 mm, with some additional 0.1 mm steps around the rotor center. A typical example of
the obtained measures is shown in Figure 9a: within one phase, each coil presents a signal of the same
frequency but with a difference in amplitude, depending on the rotor center shift. Fourier analysis of
these signals is shown in Figure 9b and confirms the same frequency of the two signals. It can also be
observed that the signal is almost purely sinusoidal, although a very small third harmonic is present.

 
(a) (b) 

Figure 9. (a) Measured voltages and (b) Fourier analysis of measured voltages on phase 1 for a spin
speed of 6000 rpm and a rotor center shift of 1 mm (along the y-axis).

This signal is postprocessed to extract the first harmonic and corresponding phase of each measure.
The amplitude of the first harmonic of these measures is illustrated in Figure 10, for one phase, for
different center shifts and spin speeds.

Figure 10. Root Mean square (RMS) value of first harmonic measured induced voltages at the coil
terminals of phase 1, as a function of a rotor displacement along the y-axis, while centered along the
x-axis, for rotor spin speeds of 2400, 3600, 4800, and 6000 rpm.

9
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From these two measures obtained for each phase, the amplitudes of the electromotive force Ed,
linked to the EDB, and the electromotive force E0, linked to the motor can be deduced:

∣∣∣E0
∣∣∣ = ∣∣∣∣0.5

(
M1 + M2

)∣∣∣∣, (16)

∣∣∣Ed
∣∣∣ = ∣∣∣∣0.5

(
M1 −M2

)∣∣∣∣. (17)

The results for the bearing EMF Ed and the motor EMF E0 amplitudes deduced from the
measurements are shown in Figure 11. It can be observed in Figures 11a and 12 that the motor EMF
only depends on the spin speed, but not on the position of the center of the rotor. The results of the
measures are very similar for each phase of the prototype. In Figure 11b, it can be observed that the
bearing EMF increases proportionally with the center shift, and the slope increases with the spin speed.
The bearing EMF measures also show (Figure 13) that due to geometric and magnetic imperfections,
the geometric center of the system does not exactly correspond to its magnetic center. In addition, the
bearing EMF should be zero when the rotor is perfectly magnetically centered, and the three phases
should give the same results. However, we observe that the EMF reaches a minimum value which is
situated on slightly different x points for each phase (Figure 13a). Similar observations can be made in
the y-direction in Figure 13b. This illustrates that there is a slight dissymmetry between the phases.
By displacing the rotor center by steps of 0.1 mm, the exact magnetic center is not found and the
bearing EMF minimum value is slightly higher than zero: 0.2 V for the highest value at 6000 rpm.
It can also be seen in Figure 13 that the dissymmetry between the phases remains small for all the
measured points.

(a) (b) 

Figure 11. RMS values of (a) motor electromotive force E0 and (b) bearing electromotive force Ed as a
function of the rotor position in the x–y plane for spin speeds of 2400, 3600, 4800, and 6000 rpm.

10



Actuators 2019, 8, 48

 
(a) (b) 

Figure 12. RMS values of motor electromotive force E0 for each phase as a function of the rotor position
(a) in the x axis and (b) in the y axis for spin speeds of 2400, 3600, 4800, and 6000 rpm.

 
(a) (b) 

Figure 13. RMS values of bearing electromotive force Ed for each phase as a function of the rotor
position (a) in the x axis and (b) in the y axis for spin speeds of 2400, 3600, 4800, and 6000 rpm.

5.2. EMF Experimental Model Comparisons

As shown in Section 3, the model predicts a bearing EMF proportional to the spin speed and to
the center shift (3), and a motor EMF only proportional to the spin speed (2). This is indeed observed
in Figure 11, Figure 12, and Figure 13. The flux constants KΦ,mot and KΦ,EDB in Equations (2) and (3)
can be identified by static FE simulations or by performing curve fitting on the experimental measures,
using a least square criterion. To identify those flux constants by FE, a 3D magnetostatic model is
constructed as illustrated in Figure 14. The flux due to the permanent magnet rotor intercepted by

each coil is calculated by integrating
∮

coil

→
A
→
dl. This is done for one off-centered rotor position and for

angular positions of the rotor from 0 to 2π. The flux constants are then calculated by summing (KΦ,mot)

or subtracting (KΦ,EDB) the flux values of the two coils of each phase and multiplying by the number
of coil turns. For KΦ,EDB , this subtraction has to be divided by the rotor center shift. The numerical
values obtained by FE and by curve fitting for these flux constants are given in Table 2.

Table 2. EMF model parameter identification.

Parameter FE Identification Exp. Curve Fitting Relative Difference

KΦ,mot 0.0473 0.0389 21.6%
KΦ,EDB 4.8442 4.1366 14.6%
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Figure 14. Mesh of the 3D Finite Element (FE) magnetostatic model of the prototype.

The bearing flux constant is similar when identified by FE simulations or by curve fitting; however,
the motor flux constant is less similar between the two techniques. The measures for each phase and
the model predictions, with the parameters identified by curve fitting, are represented in Figure 15,
and show good correspondence.

 
(a) (b) 

Figure 15. Experimental and model predictions for the three phases (a) of the motor electromotive
force E0 at spin speeds of 2400, 3600, 4800, and 6000 rpm and (b) of the bearing electromotive force Ed,
at a spin speed of 6000 rpm as a function of the rotor position in the y-axis.

6. Force and Torque

A second experiment was carried out by connecting the two coils of each phase in series, and by
driving the rotor by the external motor. A first set of measures on the restoring radial forces and the
drag torque was obtained by leaving the motor connections (Figure 16a) of each phase in open circuit,
while the prototype is only operating in bearing mode. To investigate the bearing and motor modes, a
second set of measures is done by connecting a resistive charge on the motor connections {RS,RF} and
by measuring the radial forces and the resistive torque again (Figure 16b). As the torque generation
abilities of the prototype are investigated in generator mode by simply connecting a passive element at
the coils terminals (a resistance), there is no control over the resulting current phase as would normally
be the case for a motor. Finally, the same measures are carried out again, but with a change in the
electrical characteristics of the coils. This is achieved by connecting external inductors, characterized
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by an inductance Ladd and a resistance Radd, on each coil (Figure 16c). This means that the currents
flowing through the coils are equal to, for the first case:

I1,1 = −I1,2 =
Ed

R + jωLc
. (18)

(a) (b) (c) 

Figure 16. Electrical circuit for the experimental measurements with (a) the motor connections in open
circuit, (b) a resistive charge at motor connections, and (c) with additional inductors and a resistive
charge at the motor connections.

For the second case:

I1,1 =
E0

R + 2Rload + jωLc
+

Ed
R + jωLc

, (19)

I1,2 =
E0

R + 2Rload + jωLc
− Ed

R + jωLc
, (20)

I1 =
2E0

R + 2Rload + jωLc
. (21)

And for the third case:

I1,1 =
E0

R + Radd + 2Rload + jω(Lc + Ladd)
+

Ed

R + Radd + jω(Lc + Ladd)
, (22)

I1,2 =
E0

R + Radd + 2Rload + jω(Lc + Ladd)
− Ed

R + Radd + jω(Lc + Ladd)
, (23)

I1 =
2E0

R + Radd + 2Rload + jω(Lc + Ladd)
. (24)

6.1. Bearing Forces

Referring to Equations (13) and (14), the electrodynamic bearing forces are proportional to the
center shift. This is indeed observed in Figure 17, for the centering and perpendicular forces, as a
function of the rotor displacement along the x-axis, (y-axis centered)for a spin speed of 6000 rpm. Both
measures when the generator is left in open circuit, and when it is connected to a Rload = 200 Ω charge,
are presented in Figure 17.
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(a)  (b) 

Figure 17. Bearing forces as a function of the rotor displacement (x-axis) for a spin speed of 6000
rpm. Measures when the generator is left in open circuit, and when connected to a 200 Ω charge, and
comparison with the model predictions; (a) restoring force and (b) destabilizing force.

It can be observed in Figure 17 that the bearing forces are not influenced by generator behavior at
the spin speed of 6000 rpm.

The comparison with the model predictions when its parameters are identified either by FE
simulations or by curve fitting, is also shown, and there is a good correspondence. The values of
the model parameters for both cases are given in Table 3, and are compared to the experimental
measurement of the coil impedance.

Table 3. EMF model parameter identification.

Parameter FE Value Exp. Measure Curve Fitting

R(Ω) 44.11 42.08 42.1
Lc(H) 0.0127 0.0162 0.0143

The stiffness reached by the centering force at 6000 rpm can be deduced by the measures illustrated
in Figure 17, and it is equal to 297.4 N/m, which is very low. However, the spin speed at which these
experimental measures have been accomplished is relatively low for an electrodynamic bearing, as
the electrodynamic stiffness developed by electrodynamic bearings increases with the spin speed.
It can also be observed in Figure 17 that at the spin speed of 6000 rpm, the destabilizing parasitic
force perpendicular to the center shift is more important than the restoring force; 1.8 N versus 0.36 N.
This is again due to the fact that, at 6000 rpm, the rotor is not spinning fast enough. The spin speed
can be compared to the electrical pole of the coils: the restoring force becomes predominant over the
perpendicular force when the spin speed becomes higher than the inverse of the electric time constant
of the system > ωRL, with ωRL = R

Lc
= 28 × 103 rpm [6]. The model predictions for this bearing show

(Figure 18) that when extrapolating at higher spin speed, the perpendicular force decreases, and the
restoring stiffness increases, as expected.
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Figure 18. Bearing forces as a function of the spin speed for a center shift of 0.75 mm, experimental
measures, and model predictions with model parameters identified by curve fitting.

Measures with Additional Inductors

In order to change the value of ωRL, additional inductors have been connected in series with each
coil of the prototype (see Figure 16c), the total value of these inductors is given in Table 4.

Table 4. Additional inductor values.

Case Radd(Ω) Ladd(mH) ωRL(rpm)

One additional inductor 11.17 38.7 9600
Two additional inductors 17.01 79.1 6040

The bearing forces were measured with and without a resistive load at the motor terminals. First,
it can be observed in Figure 19 that in this case, there is a good correspondence between the model
predictions and the experimental measures. Moreover, the same observation as in Figure 17 on the
coincidence of the measured force values with one additional inductor, with or without resistive charge
at the motor terminals, can be obtained: the bearing forces are not influenced by generator behavior.
In Figure 19, one can see that at the spin speed of 4800 rpm, the addition of external inductors allows
the increase of the restoring component of the force while decreasing the destabilizing perpendicular
bearing force. In Figure 20, at 6600 rpm, one can see that with the two additional inductors, the
restoring component of the bearing forces becomes higher than the destabilizing one.

When observing the evolution of the bearing forces with the spin speed in Figure 21, one can see
that the model predictions and measures are in agreement. With the external inductors, the spin speed
ωRL is modified and the spin speed above which the centering force becomes predominant is lower.
This is confirmed by the experimental measures. However, one can also see that the asymptotic value
that can be reached by the centering forces at high spin speed also decreases by adding the external
inductors: the external inductors improve the centering force at low spin speed, which is good for
our test bench as the spin speed is limited, but is harmful for high spin speed operation. In other
words, the maximum stiffness the electrodynamic bearing is able to develop decreases when adding
the external inductors.
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(a) (b) 

Figure 19. (a) Restoring force and (b) destabilizing bearing forces as a function of the rotor displacement
along the x-axis while centered along the y-axis for a spin speed of 4800 rpm. Measures with and
without additional inductors when the generator is left in open circuit and when connected to a 200 Ω
charge, and comparison to the model when its parameters are identified by curve fitting.

Figure 20. Bearing forces when adding two additional inductors in series with each coil as a function
of the center shift for a spin speed of 6600 rpm.

Figure 21. Bearing forces when adding additional inductors in series with each coil as a function of the
spin speed for a center shift of 0.75 mm.

An additional word should be said on the well-known dynamic stability problems of centering
electrodynamic bearings: the force perpendicular to the center shift will produce dynamic instability,
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and the system needs some damping in order to be dynamically stable when spinning. The dynamics
of such a system are studied in detail through root loci in [14] for heteropolar electrodynamic bearings:
they will depend on the R-L dynamics of the bearing winding and on the mechanical time constant of
the system. Applying the same stability analysis as in [14] on the model presented in Equation (12) in
the previous section, and knowing that the rotor mass is equal to 0.27 kg, Figure 22a,b show the root
locus that has two stable roots, but one root which remains unstable for any spin speed. The amount
of damping that should be added inside the system to achieve stable dynamic behavior can be studied
theoretically through this root locus, as shown in Figure 22b: when adding progressive damping of
[10 20 30] Ns/m, the spin speed above which the system is dynamically stable decreases to [10550
4460 1600] rad/s, respectively. The influence of the additional inductors can be observed in Figure 22c.
They clearly have an influence on the spin speed above which the system is dynamically stable: with
external damping of 20 and 30 Ns/m, the system is stable for any spin speed.

  
(a) (b) (c) 

Figure 22. Theoretical root locus for the electrodynamic bearing prototype dynamic behavior. (a) All
roots; (b) influence of external damping; and (c) theoretical root locus for the electrodynamic bearing
prototype dynamic behavior when adding two external inductors and influence of external damping.

However, as all the measures presented in this article were performed in quasistatic conditions,
these instabilities do not appear. By consequence, this test bench does not need to add this external
damping, which remains a major issue for centering electrodynamic bearings.

6.2. Torque

The torque is first measured with the generator in open circuit and then with a resistive charge
connected to its terminals. It can be observed in Figure 23a that when there is no charge on the motor
terminal, torque is measured, which corresponds to the electrodynamic drag torque. This torque
increases when the center shift increases. When the resistive charge is connected, an additional torque
appears, corresponding to the motor torque. It can be observed that the motor torque is more important
than the electrodynamic drag torque linked to the bearing function. This motor torque is proportional
to the spin speed, as can be seen in Figure 23b, and remains constant while off-centering the rotor.
In this figure, it can also be observed that when the rotor remains centered, the electrodynamic torque
remains around zero, which confirms the null-flux principle: when the electrodynamic bearing is
magnetically centered, the power dissipated inside the windings due to its bearing function is minimal,
and no forces are generated.
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(a) (b) 

Figure 23. Measured and predicted torque without additional inductors (a) as a function of the rotor
displacement along the x-axis, while centered along the y-axis for a spin speed of 6000 rpm and (b) as a
function of the spin speed when the rotor is centered. Measures when the generator is left in open
circuit and when connected to a 200 Ω charge.

The torque can be predicted by the state space model, as shown by Equation (15), but can also be
predicted by performing a power balance: the power dissipated in the resistive load Rload corresponds
to the generator output power, while the power dissipated by the current due to the center shift inside
the coil resistances R + Radd corresponds to the electrodynamic drag torque power. Finally, the power
dissipated inside the coil resistances R + Radd by the motor current corresponds to the motor Joule
losses, and does not produce any torque. This leads to the relations:

ωTED = 3 (R + Radd)

(
Ed

R + Radd + jω(Lc + Ladd)

)2

, (25)

ωTmotor = 3 Rload

(
2E0

R + Radd + 2Rload + jω(Lc + Ladd)

)2

. (26)

The electrodynamic torque model predictions with Equation (15) or (25) give the same results, and
they match well with the measures in Figure 23a. The motor torque predicted by the power balance in
Equation (26) also coincides with the experimental measures.

In Figure 24, it can be observed that the electrodynamic torque value is noticeably influenced
by the additional inductors, while their influence is negligible on the motor torque. Finally, a global
remark can be made on the measures shown: the output torque and the centering stiffness are weak.
This can be explained by the fact that this electrodynamic heteropolar bearing was first solely intended
to demonstrate the null-flux principle in heteropolar EDBs, and this prototype has not undergone any
optimization of its performances in the sizing process.
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(a) (b) 

Figure 24. Measured and predicted torque, when the generator is connected to a 200 Ω charge (a) as a
function of the rotor displacement along the x-axis while centered along the y-axis for a spin speed
of 6000 rpm and (b) as a function of the spin speed when the rotor is centered. Measurements were
conducted with and without external inductors.

6.3. Current

Finally, the current flowing through the coils has also been measured, and is shown in Figure 25
for one phase. It is compared to the current predicted by solving the electrical circuits of Figure 4 that
are described in Equations (18–24).

 
(a) (b) 

 
(c) 

Figure 25. Measured and predicted current in first coil of first phase for center shifts of 0.25 and 1
mm in the case of the electrodynamic bearing prototype with (a) motor terminals in open circuit, (b)
motor terminals in open circuit with one additional inductor on each coil, and (c) motor terminals with
resistive load of 200 Ω and one additional inductor on each coil.

It can be noticed that in the two first cases, when the motor terminals are in open circuit, with or
without additional inductors, in Figure 25a,b, the RMS value of the current in the first coil of phase 1
is more important for a center shift of 1 mm than 0.25 mm. Indeed, in these cases, there is no motor
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current, and the current inside the coils is only due to the bearing function. For the case with a resistive
load at motor terminals and one additional inductor on each coil, in Figure 25c, one can notice that
the current in the first coil is more important for a center shift of 0.25 mm than for a center shift of 1
mm. This is due to the fact that in this coil, the motor current and the bearing current flow in opposite
directions. In contrast, in the second coil, the motor current and the bearing current add up, and the
total current is more important for the higher center shift, as the model shows in Figure 26.

Figure 26. Predicted current in the second coil of the first phase for center shifts of 0.25 and 1 mm in
the case of the electrodynamic bearing prototype with motor terminals with resistive load of 200 Ω and
one additional inductor on each coil.

7. Conclusions

This paper shows experimental measures made on a heteropolar electrodynamic bearing to
evaluate its ability to operate as a passively centered self-bearing permanent magnet rotor. First,
the operating principle was briefly explained. Second, EMF measurements showed a motor EMF
independent from the rotor center position and a bearing EMF proportional to the rotor displacement.
Third, force measurements showed radial force measurements in agreement with electrodynamic
centering bearing forces, presenting a restoring component and a component perpendicular to the
center shift. It is shown that it is possible to shift the spin speed at which the electrodynamic bearing
forces become predominantly centering forces towards lower spin speed by adding additional inductors
in series on each coil of the prototype. It is also shown that the bearing forces are independent of the
load connected to the motor terminals. Fourth, the torque measurements show an electrodynamic
drag torque depending on the rotor position, and a motor torque proportional to the spin speed.
The electrodynamic drag torque is influenced by the additional inductors, while the motor torque is
almost not influenced by additional inductors. Finally, the current flowing in the coils was accurately
predicted by the equivalent circuit models.

Despite the low produced torque and high stiffness, these experimental measures confirm
the feasibility of the operating principle for a slotless winding without ferromagnetic yoke and a
permanent magnet rotor. However, two major issues remain before realizing a completely passive
self-bearing motor based on a radial electrodynamic bearing: the introduction of passive axial
forces without impeding the radial stiffness developed by the radial electrodynamic bearing, and
the introduction of sufficient damping in the system to counter the dynamic instabilities inherent to
centering electrodynamic bearings.
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Abstract: The focus of this study lies on the investigation of the space vector modulation of a
self-sensing three-phase radial active magnetic bearing. The determination of the rotor position
information is performed by a current slope-based inductance measurement of the actuator coils.
Therefore, a special pulse width modulation sequence is applied to the actuator coils by a conventional
three-phase inverter. The choice of the modulation type is not unique and provides degrees of freedom
for different modulation patterns, which are described in this work. For a self-sensing operation of
the bearing, certain constraints of the space vector modulation must be considered. The approach of
a variable space vector modulation is investigated to ensure sufficient dynamic in the current control
as well as the suitability for a self-sensing operation with an accurate rotor position acquisition.
Therefore, different space vector modulation strategies are considered in theory as well as proven
in experiments on a radial magnetic bearing prototype. Finally, the performance of the self-sensing
space vector modulation method is verified by an external position measurement system.

Keywords: active magnetic bearing; self-sensing; radial three-phase bearing; space vector modulation

1. Introduction

Magnetic bearings are of great significance for the stabilization of levitating rotors. Due to the
fact that it is impossible to stabilize all degrees of freedom of a rigid body by permanent magnets, a
force of a different physical origin must be applied for rotor stabilization [1,2]. Therefore, the rotor
can be stabilized by electromagnets, which is stated as active magnetic bearing (AMB). AMBs require
a position feedback information of the rotor to allow a stable operation. In this work, a self-sensing
method is used to obtain the rotor position instead of using separate position sensors. The operation
of self-sensing AMBs has been a field of research for many years [3–5] and provides advantages
concerning sensor failure, construction space and production costs of the AMB. The self-sensing
position determination of this study is performed by a modulation-based current switching ripple
evaluation of the actuator coils. Previous studies presented different approaches for extracting the
rotor position information out of the current ripple, such as current slope measurements [6,7], current
ripple demodulation [8] or by the usage of artificial neural networks [9]. In this proposal, the so-called
INFORM (Indirect Flux Detection by Online Reactance Measurement) method is used to determine the
rotor position. This method was originally designed for the rotor angle determination of a permanent
magnet synchronous motor [10]. Concerning AMBs, the INFORM method is based on a current slope
measurement, detecting the inductance change depending on the rotor’s eccentricity. As previously
described in [11], the implementation of the self-sensing operation was based on an injection of voltage
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pulses to the actuator coils. Therefore, the current controller stops in equidistant time steps and
measurement pulses are applied to the coils. This approach has the drawback of a limited bandwidth
of the position measurement and an interruption of the current controller. To avoid this circumstance,
the required pulse pattern for position measurement is embedded in the pulse width modulation
(PWM) sequence of the current controller. The use of an embedded pulse pattern, in particular the
3-Active pattern [12], is the point of origin for the space vector modulation in this work.

2. Self-Sensing Bearing Setup

The bearing setup consists of two radial homopolar six pole AMBs with a common shaft as
illustrated in Figure 1. The bias flux of the bearing is realized by the use of permanent magnets (PM).
An axial displacement of the rotor is stabilized by a positive axial stiffness given by the bias flux and
the geometry of the bearing (Figure 1b).
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Figure 1. (a) Structural design of the six pole radial homopolar active magnetic bearing. (b) Cross
section of the shaft: The bias flux (indicated by red lines) is generated by means of permanent magnets.

The stabilization of a radial rotor eccentricity is performed by the coils, which are driven in a
differential configuration. The coils of the poles U+, V+, W+ and the opposite coils are connected in
wye-configuration. For achieving low system costs, a conventional three-phase inverter is aspired for
the control of the AMB [13,14]. Two opposite coils are corresponding to one phase, which enables the
use of a three-phase inverter. Figure 2 shows a differential transformer at the connection point of the
positive and negative phase of the bearing.
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Figure 2. Differential current slope measurement by means of a differential open loop transformer.

By the usage of an open loop transformer in each phase, it is possible to connect the AMB
to a three-phase inverter. The transformer can be realized as a separate unit or also be integrated
in the printed circuit board (PCB) of the power electronics [15]. The transformer output provides
the differential current slope signal, which is required for the self-sensing operation of the bearing.
Figure 3a shows the current ripple caused by the PWM switching pattern. Although the stator and
the rotor components were built from laminated iron sheets, it can be seen that the current slope is
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distorted by eddy currents. To overcome this problem, the current slope measurement is performed as a
differential evaluation of two opposite coils to suppress the influence of eddy currents. The differential
current slope evaluation is not limited to the homopolar design and can be also applied to heteropolar
bearings [16]. Another approach would be a model -based consideration of the eddy currents as
shown in [17]. Figure 3b shows the output voltage of the open loop transformer corresponding to
the differential current ΔIU = IU+ − IU− of Figure 3a. After the settling time, the output voltage is
proportional to the differential current slope d

dt ΔIU .
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Figure 3. (a) Current ripple of the actuator coils. The influence of eddy currents is mostly suppressed
in the differential current signal ΔIU ( fPWM = 20 kHz, UDC = 60 V). (b) Output signal of the open loop
transformer corresponding to (a). The output voltage is proportional to the differential current slope.

Thus, the rotor position can be obtained by the approximation

u(t) = L(x, y) d
dt

ΔI(t) → L(x, y) = u(t)( d
dt

ΔI(t))−1
(1)

with the coil voltage u(t) and the position-depending inductance L(x, y), which is described in [12].

3. Problem Formulation

Measurements on a prototype of a self-sensing radial AMB (Figure 4) have shown significant
power losses in the bearing in the 3-Active PWM mode. Consequently, the power losses lead to a
temperature rise in the bearing, which is undesirable in many applications.

Figure 4. Prototype of a self-sensing radial homopolar active magnetic bearing with six poles. The bias
flux of the bearing is realized by the use of permanent magnets.

Beside the control current, the current ripple of the coils causes remarkable power losses in the
AMB. Hence, major power losses in the prototype occur in the flux leading paths by means of iron
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losses in the laminated iron sheets. One possible solution for the reduction of the eddy current losses
is the use of soft magnetic composites (SMC), which is described in [18]. However, SMC materials
have drawbacks like a smaller permeability and mechanical limitations [19]. This work follows an
approach, which is independent of the used material. Figure 5a shows the 3-Active SVM pattern with
the corresponding power losses (Figure 5b) of the prototype as a function of the DC-link voltage UDC.
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Figure 5. (a) 3-Active space vector modulation: Each PWM period contains voltage space vectors from
each phase (U+, V+, W+). (b) Power losses of the bearing due to the current ripple as a function of the
DC-link voltage (3-Active SVM, fPWM = 20 kHz).

For a fixed switching frequency, it is obvious to decrease UDC for achieving small power losses.
On the one hand, a high value of UDC causes a high current ripple (Figure 5b), which provides a
high magnitude of the differential current slope information. On the other hand, the iron losses are
increased and therefore, undesirable power losses occur in the flux leading paths. To keep the power
losses in the bearing small, a low level of UDC is aspired. This circumstance gives the motivation to
enhance the self-sensing position measurement for dealing with small current slopes. Furthermore,
it must be considered that the dynamic of the current controller depends on UDC. The focus of this
work lies on the investigation of different space vector modulations to ensure a sufficient current
dynamic as well as a high quality of the position measurement. The design of SVM contains degrees of
freedom, which can be used for the development of specific pulse patterns with especially high current
dynamics or high quality of the position measurement. Taking this one step further, it is possible to use
different kinds of SVM during the operation of the AMB. This leads to the variable SVM and enables
the combination of the properties of different modulations.

4. Space Vector Modulation

Figure 6 shows the symmetrical arrangement of the magnetic poles of the bearing in the xy-plane.
The spatially distributed arrangement of the poles enables the definition of six fundamental voltage
space vectors, which are aligned with the magnetic poles of the bearing. The voltage space vectors can
be obtained by a conventional power inverter with three half bridges by the switching states shown in
Table 1 [20].
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Table 1. Voltage space vector definition of a three-phase inverter.

Phase Switch
Voltage Space Vector

U+ U− V+ V− W+ W− Z+ Z−

U HS 1 0 0 1 0 1 1 0
U LS 0 1 1 0 1 0 0 1
V HS 0 1 1 0 0 1 1 0
V LS 1 0 1 1 1 0 0 1
W HS 0 1 0 1 1 0 1 0
W LS 1 0 1 0 0 1 0 1

HS = High-Side switch, LS = Low-Side switch; 1 = closed, 0 = open.
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Figure 6. Cross section of the six pole homopolar radial AMB. The fundamental voltage space vectors
U+, U−, V+, V−, W+, W− are aligned with the poles.

The fundamental space vectors shape a hexagon, which defines the possible modulation range of
the voltage space vectors. Each point in this hexagon can be reached by a linear combination of six
fundamental space vectors (U+, U−, V+, V−, W+, W−) and two zero space vectors (Z+, Z−). The zero
space vector occurs if either all high-side or low-side switches of the three-phase inverter are closed.
The calculation between the reference coordinate system (x, y) and the three phase system (U, V, W)
is done by the Clarke-transformation [21]. The degree of freedom in the composition of the linear
combination of the space vectors is restricted by the following design rules for self-sensing operation.

4.1. Design Rules for SVM

The design criteria of the SVM achieve a good quality of the position measurement and a high
current controller bandwidth. Therefore, the design of the SVM underlies certain restrictions to allow
a self-sensing operation of the magnetic bearing:

• INFORM method: Theoretically, the current ripple caused by a single voltage pulse contains the
whole information of the rotor position. As asymmetries appear in the real system (caused by
mechanical, electrical or magnetic deviations), it is beneficial to use the current slope information
from independent voltage pulses. Furthermore, the voltage pulses must have a minimal pulse
duration tINF, which is given by the settling time of the current slope measurement path
(Figure 3b). The duration is defined by the decay of the eddy currents and the settling of the
analog filter, which causes a distortion of the differential current slope signal.

• Modulation amplitude: The modulation amplitude defines the maximum length of a desired
voltage space vector. High modulation amplitudes of the desired voltage space vector allow a
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high dynamic of the current control. For a symmetrical (angle independent) operation of the
current controller, it is beneficial to limit the modulation amplitude to the in-circle of the possible
modulation area. Theoretically, the symmetrical modulation amplitude can achieve a value of
Rmax = √3/2 ≈ 0.866 for the given AMB system.

• Inverter: Short pulse lengths could cause problems in semiconductor switches. Hence, the
specified recovery time of the switches must be considered in the PWM pattern [22]. Furthermore,
a proper operation of a potential charge pump of the gate driver must be ensured. Therefore, the
pulse pattern has to provide at least one switching action in each phase.

The design procedure of the SVM is based on a representation of the desired voltage space vector
P, which is specified by the superior current controller. Hence, the desired space vector P is given by
means of all eight voltage space vectors.

P = cU+U+ + cU−U− + cV+V+ + cV−V− + cW+W+ + cW−W− + cZ+Z+ + cZ−Z− (2)

Therefore, the coefficients cU+ , cU− , cV+ , cV− , cW+ , cW− , cZ+ , cZ− define the length of the
corresponding space vector. The length of the respective voltage space vector is related to the duration
of the voltage pulse in the PWM pattern. The following introduced variants of SVM differ substantially
in the number of the active space vectors within one PWM period. In this context, “active” refers to
the fundamental space vectors with an amplitude unlike zero. In the following considerations the
minimum pulse duration tINF is normalized to the PWM period.

4.2. 6-Active SVM

The 6-Active SVM uses all fundamental space vectors for the formation of P. Hence, P is built
by a linear combination of the adjoining fundamental voltage space vectors. The remaining time of
the PWM period is equally distributed to all fundamental voltage space vectors to build a combined
zero space vector. The maximum modulation amplitude is obtained, if the length of one active
space vector drops under tINF and violates the timing requirements of a differential current slope
measurement. Although the admissible modulation area is defined by the solid hexagon in Figure 7,
the intended modulation area is limited by the minimum and maximum symmetrical modulation
amplitude (Rmin, Rmax).
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W−
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II

III

IV

V

VI
P

∎∎ ∥P∥2 ∈ [Rmin, Rmax]

Figure 7. 6-Active SVM: The space vector P is formed by six fundamental space vectors (tINF = 0.1).

The 6-Active SVM allows six independent current slope measurements within a PWM period.
For this reason, the 6-Active SVM is well suited for the self-sensing method. However, this kind of
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modulation has the drawback of a very limited modulation amplitude Rmax. The impact of the small
value of Rmax is caused by the minimal pulse width tINF by means of Equations (3) and (4).

Rmax =
√

3
2
(1− 6 tINF), tINF < 1

6
(3)

Rmin = 0 (4)

For achieving a higher value of Rmax, the number of space vectors is reduced in the
following considerations.

4.3. 3-Active Low Dynamic Range SVM

In contrast to the 6-Active SVM, the 3-Active Low Dynamic Range (LDR) SVM uses either three
positive (U+, V+, W+) or three negative fundamental space vectors (U−, V−, W−).
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V+

W+

P

R m
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∎∎ ∥P∥2 ∈ [Rmin, Rmax]

Figure 8. 3-Active LDR SVM: The space vector P is formed by the positive fundamental space vectors
(U+, V+, W+). (tINF = 0.1).

Figure 8 shows a 3-Active LDR SVM with a linear combination of U+, V+, W+. The corresponding
coefficients from Equation (2) can be calculated by the inner product of P and the respective
fundamental voltage space vector (Equations (5)–(7)).

cU+ = 1
3
+ 2

3
P ⋅U+ (5)

cV+ = 1
3
+ 2

3
P ⋅V+ (6)

cW+ = 1
3
+ 2

3
P ⋅W+ (7)

By using only three fundamental space vectors, the maximum modulation amplitude is limited to
0.5 and causes a smaller drop of Rmax

Rmax = 1
2
(1− 3 tINF), tINF < 1

3
(8)

Rmin = 0 (9)

by an increase of tINF than the 6-Active SVM.
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4.4. 4-Active SVM

The 4-Active SVM is based on the 3-Active LDR SVM, but enhances the modulation amplitude by
means of an additional fundamental voltage space vector, which is located next to the desired space
vector P like shown in Figure 9. For an effective implementation, the desired space vector P is built by
a linear combination of the adjoining fundamental voltage space vectors. The remaining time of the
PWM period is distributed equally to the positive (U+, V+, W+) or negative (U−, V−, W−) fundamental
voltage space vectors.

U+U−

V+

V−W+

W−

I
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IIIIV
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VIII

IX X

XI

XII

P

∎∎ ∥P∥2 ∈ [Rmin, Rmax]

Figure 9. 4-Active SVM: The space vector P is formed by the negative (U−, V−, W−) fundamental space
vectors and V+ for an enhancement of the modulation amplitude (tINF = 0.1).

The limits of the symmetrical modulation amplitude

Rmax =
√

3
2
(1− 3 tINF), tINF < 1

5
(10)

Rmin = 0 (11)

are obtained if the length of one vector falls below tINF. In contrast to the 3-Active LDR SVM, the
maximum modulation amplitude is enhanced by a factor of

√
3 (Equation (10)).

4.5. 3-Active High Dynamic Range SVM

The 3-Active High Dynamic Range (HDR) SVM is designed for a maximum modulation amplitude
using three fundamental space vectors and one of the zero space vectors (Z+, Z−). The desired space
vector P is mainly formed by the two adjoining fundamental space vectors (V+, W− in Figure 10).
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Figure 10. 3-Active HDR SVM: The desired space vector P is built with three fundamental space
vectors (involving a space vector from each phase) and one zero space vector (tINF = 0.1).

In order to get a current slope information by a voltage space vector from all space axis, the third
fundamental space vector (U+ in Figure 10) is added with the minimum length tINF. A zero space
vector fills the remaining time of the pulse pattern and ensures the required switching action in each
phase. Equations (12) and (13) show the possible modulation range

Rmax =
√

3
2
(1− tINF), tINF < 1

5
(12)

Rmin = 2
√

3 tINF (13)

for a symmetrical operation.

4.6. Combination of the SVMs

The design of the SVMs shows, that each SVM has individual characteristics concerning the
modulation amplitude and the usability for self-sensing operation. For an optimal operation of the
bearing, it is possible to combine the properties of different SVMs. Figure 11 shows a comparison of
the symmetrical modulation amplitudes as a function of tINF.
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Figure 11. Comparison of the symmetrical modulation amplitude.
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The 3-Active HDR has the property of a lower boundary Rmin of the modulation amplitude. It is
obvious, that a low value of tINF leads to a high maximum modulation amplitude. The 3-Active LDR
can operate up to tINF < 1/3 , which can be advantageous for applications with a high switching
frequency. Concerning the performance of the self-sensing operation, each fundamental space vector
gives additional information for the rotor position.

Figure 12 shows a combination of multiple SVMs for tINF = 0.1. The choice of the SVM is
determined in a way, that the desired space vector P is built by the SVM, which provides the highest
number of active space vectors within a PWM period. To avoid nonessential switching between
different SVMs, a hysteresis can be defined by means of an overlapping modulation area.

U+U−

V+

V−W+

W−

P

∎

∎

∎

∎ 6-Active

∎ 4-Active

∎ 3-Active HDR

Figure 12. Combination of different SVMs during operation for achieving a high modulation area and
a maximum performance of the self-sensing position measurement (tINF = 0.1).

4.7. SVM Switchover

It is possible to make a distinction between two scenarios of SVM switchover. The first scenario is
a sector switchover within a SVM. In the 4-Active and 3-Active HDR SVM the fundamental voltage
space vectors used depend on the sector of P. Thus, the fundamental space vector changes if P changes
to a new sector of the modulation area. Therefore, a switchover of the sector causes a change in the
current ripple profile. Although the steady state of the mean value of the current is not affected by
this effect, the phase currents obtain a transient error by a sector switchover. The amplitude of the
current error is in the range of the amplitude of the current ripple. Figure 13a shows a simulation of a
sector switchover for the 4-Active SVM for a space vector with ∥P∥2 = 0 and ϕ = π/6. It can be seen
that the mean values of the phase currents differ after the sector switchover, which result in a transient
deviation that decays over time.
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Figure 13. (a) Transient simulation of a sector switchover within the 4-Active SVM. The voltage space
vector has an amplitude of zero but changes in the angle ϕ = π/6 +Δϕ to force a sector switchover.
(b) Transient simulation of a switchover between the 3-Active and 6-Active SVM. Both SVMs represent
a voltage space vector with zero amplitude ( fPWM = 20 kHz, tINF = 0.14, UDC = 48 V, δ = 0.001 rad).

The second scenario is given by a switchover between different SVMs. Figure 13b shows a
switchover between the 3-Active LDR and the 6-Active SVM for the voltage space vector ∥P∥2 = 0 and
ϕ = 0. Although both SVM represent a zero space vector, a drift of the mean values of the currents can
be observed after the switchover. This effect is caused by the different current waveforms of the SVMs.
In many applications, the current ripple is significantly smaller than the control current and the drift
due to sector switchover is negligible. However, if the application requires a precise current control
beneath the amplitude of the current ripple, a compensation strategy is required. One conceivable
solution would be the introduction of a modified PWM cycle to suppress the current drift after a SVM
switchover.

5. Measurements

The following measurements compare the behavior of the designed SVMs, regarding power
losses, dynamic of the current controller as well as the quality of the self-sensing position measurement.
The measurements were performed on the prototype presented in Figure 4 applying the test
setup of Figure 14. External eddy current-based position sensors were used as a reference for
position measurements.
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Figure 14. Symbolic arrangement of the test setup with external position sensors according to Figure 4.

The test setup with two homopolar radial magnetic bearings was controlled by independent
three-phase inverters. Basically, a decoupled control of the rotor gives many degrees of freedom for
advanced control [23]. However, simple decentralized PIDT1 position controllers provided sufficient
performance for the following considerations. Concerning position control, it was assumed that the
force on the rotor is proportional to the phase currents. In general, the currents of opposite coils (e.g.,
IU+ , IU−) are not equal due to different inductances of an eccentrically levitating rotor. Therefore, the
implemented force control by means of a static current force characteristic [24] is an approximation,
but it does not cause any restrictions for the subsequent measurements.

5.1. Power Losses of the SVM Variants

The initial aim was to decrease the power losses in the bearing by a reduction of the DC-link
voltage. Figure 15 shows a comparison of the power losses in the bearing for different SVMs at 20 kHz
switching frequency. There is no significant difference between the SVMs, which allows an almost
power neutral switchover between different SVMs.
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Figure 15. Comparison of the power losses in the bearing (a) and the current ripple of a phase (b) as a
function of the DC-link voltage ( fPWM = 20 kHz, tin f = 0.14).

5.2. Dynamic of the Current Controller

The maximum modulation amplitude Rmax of the particular SVM has a significant impact on the
dynamic of the current controller. Figure 16a shows a dynamic comparison of the current controller
by means of the step response. Due to the fact that the 3-Active HDR SVM is not able to represent a
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modulation amplitude smaller than Rmin (Figure 11), it is combined with the 4-Active SVM to obtain a
steady state without oscillation.
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Figure 16. (a) Step response of the current controller for different SVMs. (b) Corresponding magnitude
of the desired voltage space vector P ( fPWM = 20 kHz, UDC = 12 V, tin f = 0.14).

Figure 16b indicates the amplitude of the desired voltage space vector P, which corresponds to
the step response. It can be seen, that the 3-Active HDR SVM has the highest modulation amplitude.
Thus, the controller is only saturated for a short period of time at Rmax. Concerning Figure 16, the
6-Active SVM is not able to inject the desired current of 7 A to the coil. The reason is the coil resistance
and the connector cable. In this case, the 6-Active modulation can only be used for small currents and
shows the use case for switching to a SVM with a higher modulation amplitude.

5.3. Noise of the Self-Sensing Method

The noise of the self-sensing method is of great significance for a precise control of the bearing.
Figure 17a shows a noise comparison of the different SVMs with UDC in the range of 20 V to 60 V.
The 6-Active SVM has the lowest noise level, which is caused by the high number of voltage space
vectors within a PWM period. Basically, the noise level increases proportional to ∝ UDC

−1. However,
it is possible to shift the noise level in a certain range by an adaption of the analog circuit. Therefore, a
low noise level can be achieved even at low values of UDC. Thus, Figure 17b shows a similar noise
characteristic like Figure 17a at the half DC-link voltage level (e.g., σx < 0.15 μm at 19 V) by means of
an adaption of the analog circuit.
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Figure 17. (a) Noise comparison of the self-sensing position measurement. (b) Reduction of the noise
at low levels of UDC by an adaption of the analog circuit ( fPWM = 20 kHz, rotor fixed in the center of
the bearing, standard deviation σx over 3000 samples of the x-position at each setpoint of UDC).

5.4. Linearity of the Self-Sensing Method

Beside the noise level, the self-sensing method must provide a high linearity for a proper operation
of the bearing. The AMB prototype has an air gap of 800 μm and the auxiliary bearing allows a radial
operational range of 400 μm. Figure 18 shows a linearity analysis of the 6-Active SVM with external
position sensors for different rotor setpoints.
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Figure 18. Linearity analysis with external position sensors for different setpoints of the rotor position
( fPWM = 20 kHz, 6-Active SVM).

The external sensors measure the rotor position on an aluminum disc, which is mounted close to
the magnetic bearing. Due to an axial and angular shift of the sensors with regard to the AMB, the
position information of the sensors is transformed in the self-sensing coordinate system. Figure 19
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shows the self-sensing linearity error e = √ex2 + ey2 for different rotor positions for a SVM with 3 and
6 active voltage space vectors. It can be seen that the SVMs have a similar distribution of the linearity
error with a maximum linearity error of about 16 μm.
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Figure 19. Analysis of the self-sensing linearity error e = √ex2 + ey2 as a function of the radial rotor
displacement for different SVMs: (a) 3-Active LDR, (b) 6-Active.

The linearity of the self-sensing method is important for a proper control of the bearing, especially
for robustness considerations of self-sensing magnetic bearings [25,26].

5.5. Small Signal Behavior

Finally, a comparison of the small signal behavior of the self-sensing method was performed.
For this purpose, a disturbance is applied to the self-sensing levitating rotor and the sensor signal is
shown for comparison (Figure 20). Both signals show a consistent behavior, which manifests a precise
self-sensing operation.
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Figure 20. Comparison of the small signal behavior between an external sensor and the self-sensing
method. A disturbance is applied at t = 0 s (a) x-position (b) y-position ( fPWM = 20 kHz, 6-Active
SVM).
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6. Results

The measurements on the prototype demonstrated the characteristics of different space vector
modulations concerning self-sensing and current dynamic. The combination of different kinds of
modulation allows a high modulation amplitude of voltage space vectors. This feature enables the
possibility of a reduction of the DC-link voltage, while still having sufficient dynamic in the current
control. Measurements on a prototype showed, that AMB losses due to the current ripple have an
approximate square dependence of the DC-link voltage. Therefore, already a small reduction of the
DC-link voltage can reduce power losses in the AMB. Furthermore, a measurement of the power losses
revealed that the power losses caused by the switching ripple are nearly independent of the used SVM,
which enables almost power neutral SVM switchover. The combination of different SVMs leads to
a high dynamic of the current controller, which was proven by the step response of the system. An
analysis of the switchover characteristics between different SVMs indicated, that a SVM switchover
has an impact to the phase currents in the range of the ripple amplitude. This effect may lead to
disturbances in the current control and could be suppressed by a compensation cycle in the SVM
after a switchover. Regarding the self-sensing position measurement, the experimental results of
the prototype showed a low noise level, which varied with the used SVM. A linearity analysis with
external sensors showed an overall error of about 16 μm for different setpoints in the admissible
rotor orbit.

7. Conclusions and Outlook

The focus of this study lied on an improvement of the space vector modulation of a three-phase
self-sensing radial magnetic bearing. Different kinds of space vector modulations for self-sensing
operation were presented in theory as well as proven in experiments on a prototype of a radial active
magnet bearing. The results showed that the dynamic of the current controller and the quality of
the self-sensing position control can be adjusted by the choice of the space vector modulation. The
self-sensing method showed a high linearity and low noise of the rotor position for low control currents.
In a next step, saturation effects of the flux leading paths will be considered regarding nonlinearities of
the self-sensing operation to analyze the limitations of the self-sensing control. Further investigations
will be performed at various rotational speeds to reveal potential speed-depending effects of the
self-sensing control, especially with respect to a robust control of the system.
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SMC Soft Magnetic Composite
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Abstract: This article discusses the critical thermal behavior of a magnetically levitated spindle for
fatigue testing of cylinders made of fiber reinforced plastic. These cylinders represent the outer-rotor
of a kinetic energy storage. The system operates under vacuum conditions. Hence, even small power
losses in the rotor can lead to a high rotor temperature. To find the most effective way to keep the rotor
temperature under a critical limit in the existing system, first, transient electromagnetic finite element
simulations are evaluated for the active magnetic bearings and the electric machine. Using these
simulations, the power losses of the active components in the rotor can be derived. Second, a finite
element simulation characterizes the thermal behavior of the rotor. Using the power losses calculated
in the electromagnetic simulation, the thermal simulation provides the temperature of the rotor. These
results are compared with measurements from an experimental spindle. One effective way to reduce
rotational losses without major changes in the hardware is to reduce the bias current of the magnetic
bearings. Since this also changes the characteristics of the magnetic bearings, the dynamic behavior
of the rotor is also considered.

Keywords: active magnetic bearings; kinetic energy storage; fiber reinforced plastic; fatigue testing;
thermal behavior

1. Introduction

Flywheels store energy as kinetic energy of the rotor and can provide a cost efficient solution
for short-term energy storage and load smoothening services in electricity grids (e.g., [1,2]). Their
advantages lie in the high possible number of cycles and the low initial cost per unit of power. The main
drawbacks are their high stand-by-losses and the relatively low energy density compared to other
storage technologies. In order to utilize the advantages, the energy density of one system should be
increased while decreasing the stand-by losses at the same time.

1.1. Outer-Rotor Fywheel Design

One possible flywheel design is an outer-rotor setup (e.g., [3–5]). It promises high energy densities
due to the large radii of the rotor and high rotational speeds. A realized full-scale system is described
in [6]. A model of the system is shown in Figure 1a. The rotor is a magnetically levitated hollow
cylinder. The outside of the rotor is made out of fiber reinforced plastic (FRP) with a circumferential
fiber orientation, using carbon fibers. The inside of the rotor consists of different rotor parts of the
active and passive components. Active magnetic bearings (AMBs) are used for radial levitation and

Actuators 2019, 8, 37; doi:10.3390/act8020037 www.mdpi.com/journal/actuators41
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a passive magnetic bearing is used for axial levitation. A permanent magnet synchronous machine
(PMSM) accelerates and decelerates the rotor. All rotating components of the magnetic bearings and the
PMSM are integrated on the inner circumference of the FRP rotor. Under rotation, these components
press against the FRP, resulting in radial compressive stress transversal to the fiber orientation, which
is superimposed by circumferential stress in the fiber direction (see Figure 1b). The energy density
of the system increases with the radii of the rotor and its rotational speed, both factors lead to an
increased stress in the FRP [7]. Consequently, high stress in the material is necessary to reach high
energy densities. Charging and discharging the flywheel leads to cyclically varying mechanical
stresses. To investigate the cyclic stability and lifetime of the FRP rotor, cyclic material tests, such as
cyclic transverse tensile tests (derived from [8]), cyclic transverse compressive tests (derived from [9]),
and cyclic four-point bending tests are performed on material samples. These samples are thin walled
and relatively easy to fabricate with a high quality, whereas the rotor of the flywheel is much thicker
and harder to produce in an industrial fiber winding process. Furthermore, the thermal expansion
of carbon fiber and the epoxy plastic matrix used differ, leading to inner stress when a thick walled
FRP structure cools down from the curing temperature. Hence, there is a much higher probability of
imperfections and defects in the thick walled FRP structure of an outer-rotor flywheel than in the thin
material samples. Therefore, the applicability of test results obtained with thin material samples to the
rotor of the flywheel has to be investigated by tests with thick walled rotors. A specialized test rig
was designed and set up to perform cyclic tests on thick-walled FRP specimens, which represent the
outer-rotor of kinetic energy storage. These specimens are smaller, cheaper and have a lower energy
content, reducing the danger during destructive testing.

 

 

(a) (b) 

Figure 1. (a) Model the outer-rotor Flywheel described in [6] with a halved rotor; (b) Top view on the
rotor showing the segments pressing against the fiber reinforced plastic (FRP) under rotation.

1.2. Testing Procedure

The ratio between the circumferential and the radial stress in a test specimen should be as close as
possible to the one present in a full-scale flywheel. In the system described in [6], the radial transverse
compressive stress in the FRP is 60 MPa and the circumferential longitudinal stress is 389 MPa at its
maximum speed of 15,000 rpm. In the design of the flywheel, the maximum stress was limited to
half of the expected strength of the FRP, to account for the high data uncertainty. To test the limits of
the FRP, the stress in the specimen is doubled compared to the flywheel. To create this state of stress in
the test specimen, a circumferentially segmented steel ring is placed inside the FRP cylinder of the
specimen, and rotated at 30,000 rpm. This results in a transverse compressive stress of 100 MPa and
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a longitudinal tension of 775 MPa in the FRP. With an outer diameter of 190 mm, the surface speed
of the specimen reaches approximately 298 m/s. The fatigue test will be conducted by alternating
between a maximum speed of 30,000 rpm and a minimum speed of 15,000 rpm. At minimum speed
the transversal compressive stress is 26 MPa and the longitudinal tension is 200 MPa. Because of the
well-known high tensile strength of carbon fiber, the chance of fiber fracture is low at this state of stress.
The probability of matrix fracture is expected to be much higher [10]. It is planned to perform up
to 200,000 cycles per specimen. With a cycle time of 30 s this will take about 70 days. Additionally,
overload tests are planned, where the specimen is accelerated to 40,000 rpm, resulting in a surface
speed of nearly 398 m/s, a circumferential longitudinal tension of 1,400 MPa and a radial compressive
stress of 180 MPa. The latter should lead to failure of the matrix. In the longitudinal direction, the FRP
can withstand static tensions over 2,000 MPa. To reduce air drag and the consequential heating of the
specimen, all tests are performed under vacuum conditions, with a pressure below 0.05 Pa.

1.3. Test Rig Description

Figure 2a shows a section view of the designed test rig, which was introduced in [11]. A hub
and a shaft coupling connected the specimen to the driving spindle. This configuration, rather than
an outer-rotor setup, was chosen to protect the active parts of the spindle in case of a failure of the
specimen at high speed. Each of the eight segments of the steel ring inside the FRP weighed 1.027 kg,
and the distance between their center of gravity (CoG) and the rotation axis is about 55 mm. Hence,
at 40,000 rpm one segment contained around 30 kJ of kinetic energy. The surrounding containment
was designed to absorb this energy in case of specimen failure. The design criteria for the containment
were derived from [12]. The containment also serves as a vacuum chamber. A detailed view of the
spindle is shown in Figure 2b. The motor in the middle is a water cooled PMSM with four poles,
a maximum torque of 9.6 Nm, and a maximum power of 30 kW. In order to avoid excessive wear of the
high-speed drive, the rotor is supported by AMBs. The radial AMBs were designed in a heteropolar
configuration with laminated cores on rotor and stator, both made out of 0.2 mm thick sheets of
non-oriented silicon steel (NO20). The radial position of the rotor is measured with four eddy current
sensors at each bearing, two for each radial direction.

 
(a) (b) 

Figure 2. (a) Cross section of the test rig; (b) Cross section of the spindle.
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To lift the combined mass of the spindle rotor and the specimen of roughly 20 kg, the axial AMB
needs a large pole area, which leads to a big outer diameter of the thrust disk. Because of the high
stress at high speed, a monolithic design was chosen (see [13]). The stator of the axial AMB was
fabricated of the soft magnetic composite Siron S400b of the PMG Füssen GmbH [14]. An inductive
sensor at the upper end of the rotor detects the axial position. Two-rowed hybrid spindle bearings
with a static load rating of 20 kN are used as backup bearings. The rotor temperature is measured
with two infrared sensors—one between the upper radial AMB and the thrust disk and one next to the
lower radial position sensors, below the lower AMB. The moment of inertia of the specimen is about
ten times higher than that of the rotor, and the surface speed of the specimen is more than two times
higher. To protect the rotor and the spindle in case of a specimen failure, a predetermined breaking
point was included in the hub (see Figure 3). This tapering also uncouples the dynamics of the rotor
from the specimen to some extent.

 
 

(a) (b) 

Figure 3. (a) Cross section of the specimen; (b) Assembled specimens.

One goal of the test rig operation is to minimize the total test duration for one specimen,
maximizing the number of specimens that can be tested in a given amount of time. The test rig
should thus be operated with as much power as possible. High power normally leads to high losses,
as well as subsequent heating. Losses on the stator can be effectively cooled with water, but without a
medium for convection or thermal conduction through physical contact, the rotor can only transfer
heat to the stator via radiation. Hence, even small power losses in the rotor can lead to a high rotor
temperature. The temperature of the rotor is crucial for the feasibility of the cyclic fatigue testing,
since the temperature of the specimen affects the strength of the FRP and can change the test result.
Furthermore, the magnets of the PMSM should not be operated over a certain temperature. Thus,
the overall goal of this paper is to minimize the test duration under the boundary condition of a
maximum rotor and specimen temperature. For this purpose, the losses in the rotor during operation
and their influence on the rotor temperature have to be identified. Furthermore, feasible methods of
minimizing the most crucial losses in an existing test rig are derived.

2. Method

With the goal of finding the shortest total test duration, this paper proposes a structured approach
to evaluate the heating of a magnetically levitated rotor in a vacuum, and deduces measures to avoid
critical temperatures. An overview on the approach is shown in Figure 4. First, losses in the rotor
of both radial AMBs, the axial AMB, and the PMSM were calculated for different rotational speeds,
using transient electromagnetic 2D finite element (FE) models implemented in ANSYS Maxwell 2015.
The highest and lowest operating speeds of the spindle followed from the demanded stress in the FRP,
as described in Section 1.2. For each component, a polynomial was fitted to the related losses, to obtain
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a mean loss value, which was used for the calculation of the steady state temperature. Next, air friction
losses were calculated analytically, based on the kinetic theory of gases. Finally, to calculate the
rotor temperature, a 3D-FE-model of a quarter of the test rig was set up and evaluated using ANSYS
Workbench 19.1. Because of the water cooling, losses on the stator were not considered; instead the
stator temperature in the simulation was predefined with measured data. A transient evaluation of the
model was compared to measured temperatures on the test rig, to adjust thermal and loss calculation.
To compute the rotor temperature after a long time of cycling, a steady state evaluation of the adjusted
model was used. From this model, the most influential components on the rotor temperature can be
derived. The focus was on components that allow for an improvement of the thermal behavior without
major changes in the hardware. One option, which will be discussed as an example, is the reduction
of the bias current in the radial AMBs [15]. Since this also changed the behavior of the rotor in the
AMBs, a brief analysis of the rotor dynamics was performed using measurements and a mechanical
3D-FE-model of the rotor implemented in ANSYS Workbench 19.1. Another loss reduction can be
achieved by reducing the control activity of the AMB [15]. Most of these strategies, like unbalance
compensation (e.g., [16]) or a linear-quadratic-Gaussian-control (e.g., [17]), were not feasible at this
point due to limitations of the AMB controller hardware. If no further loss reduction can be achieved
in the components, the next step is to adjust the cycle time. Since rotational losses increase with speed
and losses in the PMSM also increase with acceleration, the cycle time has a major influence on the
mean losses and therefore on the rotor temperature. If the rotor temperature is below the critical values,
the cycle time can be reduced. If the critical values are exceeded, the cycle time has to be increased.
These options will be discussed further on.

 

Figure 4. Applied approach to minimize the test duration by calculating and reducing rotor losses for
the existing test rig.

3. Modeling of the Thermal Stability of the Rotor

The following sections discuss the loss calculation of the active magnetic bearings for the radial
and axial direction and the electric machine, as well as losses caused by air friction. Subsequently,
the thermal model focusing on the rotor temperature is described. For the model validation and
potential adjustment, the calculation results are compared with measurements.

3.1. Loss Calculation of the Radial Active Magnetic Bearings

Both radial AMBs have eight poles, which are evenly distributed on the inner circumference of
the stator and arranged in the sequence N–S–S–N–N–S–S–N. Flux leakage between two poles with
equal flux direction—that is, N–N or S–S—is small, and thus two neighboring poles with differing flux
direction, called a pole pair, function as one independent electromagnet. One pole pair of the upper
radial AMB with an idealized average path of the magnetic flux ϕ is shown in Figure 5a. The magnetic
flux of the AMB passes through the NO20-metal sheets that surrounded the solid rotor, which is
shown in the bottom left corner. The nominal air gap between the rotor and the surrounding stator
in the centered position is 0.4 mm. To linearize the actuator characteristic, a differential winding
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design is used, where a common bias coil and a control coil, with associated currents, are used for two
counteracting pole pairs [18]. In the test rig, two coils are mounted on each pole of the radial AMBs,
the inner for bias current IB and the outer for the control current IY. Both coils have the same number
of turns. All bias coils are connected in series for one AMB and the control coils for each direction in
one AMB. The magnetic flux in a specific point in the rotor changes direction each time it passed a
pole with a different flux direction. The flux also drops between two poles with equal flux direction.
This remagnetization leads to hysteresis losses Ph and excess losses Pe, as well as eddy currents and
subsequent losses Pc. To calculate the losses, a transient electromagnetic 2D-FE-model of the rotor was
set up and evaluated. Figure 5b shows the simulated magnetic flux density B distribution in a quarter
of the upper radial AMB at a rotational speed of 30,000 rpm. Only the bias current of IB = 5.67 A
magnetized the rotor; the control current was set to zero. The flux density lay at 0.7 T on average,
but locally exceeded the saturation flux density of the used NO20 sheets of 1.1 T.

 
(a) (b) 

Figure 5. (a) Quarter of the cross section of the upper radial active magnetic bearings (AMB);
(b) Magnetic flux density in the upper radial AMB with only the bias current as excitation. The rotor
turns clockwise.

For the loss calculation, the Bertotti formula [19] in the form of Equation (1) was applied, in which
the three loss mechanisms Pc, Ph, and Pe depend on the amplitude of the flux density Bm and the
frequency f with which the magnetic flux changes:

PB = Pc + Ph + Pe, with
Pc =

∫
kc( f Bm)

2 dV, Ph =
∫

kh f B2
m dV, and Pe =

∫
ke( f Bm)

1.5 dV.
(1)

The corresponding loss constants kc, kh, and ke were derived by fitting data from the manufacturer
of the electric steel obtained by standardized measurements [20] to Equation (1), which yields:

kc,AMB = 0.23
Ws2

T2m3
and kh,AMB = 193.6

Ws

T2m3
.

For the NO20 sheets used in the radial AMBs, ke,AMB could not be significantly determined and
therefore was set to zero. The calculated total iron losses for the upper and lower radial AMB are
shown in Table 1. Additionally, the switching of the amplifiers leads to further high frequency changes
in the magnetic flux. The resulting rotor losses can be calculated with the same model and yielded
0.11 W for the upper AMB and 0.09 W for the lower AMB.

Table 1. Rotational losses in the radial AMBs.

15,000 rpm 22,000 rpm 30,000 rpm

Upper AMB 7.6 W 14.3 W 24.1 W
Lower AMB 6.3 W 11.8 W 19.8 W
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3.2. Loss Calculation the of Axial Active Magnetic Bearing

The magnetic flux in the axial AMB is mostly symmetrical to the rotational axis, so no significant
remagnetization losses should occur due to rotation. Nevertheless, the switching of the amplifier
leads to changes in the magnetic flux and associated rotor losses. Equation (1) is only applicable for
thin sheets, but in the solid thrust disk of the axial AMB, without the usage of a laminated core or
soft-magnetic composites, eddy current losses dominate. Therefore, the other loss mechanisms were
neglected. To calculate eddy current losses a transient electromagnetic 2D-FE-model was analyzed.
Figure 6a shows the magnetic flux density B in the axial AMB, with an air gap of 0.4 mm and a coil
current of 3.15 A. The resulting force is 200 N, which is required to lift the rotor with the specimen,
with a total weight of 20.3 kg. Changes in the magnetic flux in the rotor result in eddy currents and
therefore in a non-zero current density J in the rotor. Eddy current losses Pc,J were calculated as the
integral of the square of J over the rotor volume V, divided by the conductivity of the material σel
(see Equation (2)). The conductivity of X14CrMoS17 is σel,rot = 1.43 × 106 1

Ωm .

Pc,J =
1
σel

∫
J2dV. (2)

  
(a) (b) 

Figure 6. (a) Magnetic flux density in the axial active magnetic bearing (AMB); (b) Current density in
the surface area of the thrust disk during switching of the axial AMB.

Since eddy currents oppose their provoking field, high frequency changes of the magnetic field
only affect the outer layers of the conducting material. Hence, eddy currents are also limited to a thin
region on the surface of the rotor (see Figure 6b). The losses of the axial AMB in the rotor due to the
amplifier switching, derived by Equation (2), did not exceed 0.1 W.

3.3. Loss Calculation of the Permanent Magnet Synchronous Machine

The last active component that induces losses in the rotor is the PMSM. Here, the magnetic field
rotates synchronously with the rotor. Remagnetization of the rotor occurs because of flux drops at slots
in the stator and non-harmonic changes of the motor current due to switching of the inverter. Losses
were calculated via a transient electromagnetic 2D-FE model. In the solid permanent magnets, losses
were calculated using Equation (2), with an electric conductivity of the magnets of σel,mag = 1.1× 106 1

Ωm .
The rotor is laminated underneath the permanent magnets to further reduce losses. Remagnetization
losses in these sheets were calculated according to Equation (1). The corresponding coefficients are:

kc,PMSM = 0.12
Ws2

T2m3
, kh,PMSM = 166.7

Ws

T2m3
, and ke,PMSM = 3.24

Ws1.5

T1.5m3
.
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Results for different phase currents and rotational speeds are shown in Figure 7. The losses
increased nearly linearly with the speed above 10,000 rpm. For root mean square values of the phase
current (rms) below 10 A, losses were nearly independent of the phase current.

Figure 7. Rotor losses of the permanent magnet synchronous machine.

3.4. Air Friction Losses

For the calculation of air friction losses, it has to be evaluated if the gas in the system can be
modeled with continuum dynamics. This was done by calculating the mean free path l of the gas. l is
the avarage distance a molecule moves before it collides with another molecule of the gas. For a gas
with pressure p, temperature T, and a mean atom diameter dm, the mean free path l is calculated by
Equation (3) (see [21]), where k = 1.381× 10−23 J

K is the Boltzmann constant,

l =
kT√

2πpd2
m

. (3)

The mean molecule diameter of air is dm = 3.559 × 10−10 m [21]. During rotation, the maximum
pressure in the test rig is p = 0.05 Pa and the minimum temperature T = 290 K, resulting in a minimum
mean free path of l = 0.144 m. Since l is much bigger than most of the air gaps in the test rig, an air
molecule is more likely to collide with the walls of the test rig than with other air molecules. Hence,
continuum dynamics are not applicable for this system. Instead, the kinetic theory of gases was utilized,
where molecules are modeled as randomly moving elastic spheres. In [22], air friction losses Pa were
derived by means of the momentum excange beween a spinning rotor and air molecules. For an axial
disc with an outer radius ro and an inner radius ri this yields [22]:

Pa,ax = πp

√
mWπ
2kT

(
r4

o − r4
i

)
ω2, (4)

for a radial cylindrical surface with a radius rr and a height hr [22]:

Pa,rad = 4πp

√
mWπ
2kT

hrr3
rω

2, (5)

and for a truncated cone with a height hc, a lower radius rl and an upper radius ru:

Pa,rad = πp

√
mWπ
2kT

√
(rl − ru)

2 + h2
c

rl − ru

(
r4

l − r4
u

)
ω2, (6)

where ω is the rotational speed of the rotor and mW is the mean molecule mass of the gas. Hence,
air friction losses increase linearly with p, quadratically with ω, and decrease with T. For dry air,
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the mean atom mass is approximately mW ≈ 4.81× 10−26 kg [21]. The losses were calculated for each
surface of the rotor and the specimen and were subsequently superimposed. For the worst case,
with a maximum pressure of p = 0.05 Pa and a minimum temperature of T = 290 K, the sums of the
calculated losses for the rotor and the specimen at different speeds are listed in Table 2.

Table 2. Air friction losses in the test rig with p = 0.05 Pa and T = 290 K.

15,000 rpm 30,000 rpm

rotor 0.016 W 0.066 W
specimen 0.283 W 1.131 W

3.5. Simulation of Thermal Rotor Behavior

The thermal simulation was performed using a 3D-FE model of a quarter of the test rig, both with
and without the specimen. The rotor transmits thermal energy to the stator via radiation, and vice
versa. It was assumed that the emissivity and absorptivity of the rotor and stator surfaces do not
depend on the wavelength or direction of the radiation. Under this assumption, the emissivity and
absorptivity of the surface are equal [23]. For real materials, only a part of the radiation that hits a
surface is absorbed while the rest is reflected, hence, the coefficient of emission is smaller than one.
When considering the heat exchange between two surfaces through radiation, both surfaces have
to be taken into account. Consequently, for the simulation of the rotor heating, the inner surface of
the stator has to be included in the model. The stator and rotor were painted with lacquer on the
surface of the AMBs and the PMSM. The coefficient of emission was assumed to be 0.9 for all painted
parts and the FRP. For the unpainted, blank parts of the steel rotor, a coefficient of emission of 0.3 was
assumed, and for the aluminum parts of the stator and the specimen a value of 0.05 was assumed [23].
The temporal stator temperature profile of the active components was roughly approximated with
three measured temperatures, which were linearly interpolated. The temperature values can be found
in Appendix A. This transient temperature change has only a small impact on the simulation results;
using a constant mean temperature value for all stator components increases the calculated rotor
temperature only about 1 ◦C. For the rest of the stator, a constant temperature of 25 ◦C was predefined.
To obtain the temperature distribution in the rotor, heat conduction in the rotor was also taken into
account in the model, with a conductivity of 25 W/Km. Calculating the steady state rotor temperature
during the test cycles requires the mean loss value per cycle for each actuator. As a baseline, a cycling
time of 30 s was defined—i.e., during one cycle, the rotor constantly accelerates for 15 s from 15,000 rpm
to 30,000 rpm, and then constantly decelerates with the same slope back to 15,000 rpm. The rotational
speed and the speed dependent losses of the active components are illustrated in Figure 8a. The mean
values of all calculated losses are shown in Figure 8b.

 
(a) (b) 

Figure 8. (a) Rotational speed and calculated rotational losses of the active components during one
cycle; (b) Resulting mean losses of all calculated loss mechanisms in the rotor during cycling.
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3.6. Temperature Measurements

To validate the described models, the rotor temperature was measured during cycling without a
specimen. Two infrared sensors measured the rotor temperature: one between the upper radial AMB
and the thrust disk and one next to the lower radial position sensors (see Figure 2b). The utilized
sensors can measure the temperature of metallic surfaces above 50 ◦C, with an uncertainty of ±2 ◦C.
First, the cooling of the levitated but not spinning rotor from a known temperature was analyzed.
This excluded the rotational losses and the switching losses in the PMSM. Hence, only the small
switching losses of the AMBs were present. The results of a transient simulation and the measurement
are shown in Figure 9a. With a maximum deviation of 1.85 ◦C, the simulation results lie in the range
of the measurement uncertainty. Consequently, the switching losses of the AMBs and the modeling
of the heat transfer are sufficiently accurate. Next, the thermal behavior of the rotor during rotation
was analyzed. Before the measurement, the system was turned off for 12 h, to ensure the rotor was
cooled down to room temperature. During the measurement, the PMSM continuously accelerated and
decelerated the rotor without a specimen from 15,000 rpm to 30,000 rpm. In the transient simulation,
the mean losses from Figure 8b were used. The initial speed up to 15,000 rpm, which takes about
15 s, was neglected. Figure 9b compares the measured temperatures at both sensor positions with
the simulation. While the rotor temperature at both positions was nearly the same in the simulation,
it differed considerably in the measurement. The model underestimated the rotor heating at both
measurement positions. At the lower position, the deviation was 5.2 ◦C, while it was 22.4 ◦C at the
upper position. Due to the good agreement of the rotor cooling, the modeling error is expected to lie in
the loss calculation rather than the thermal model.

(a) (b) 

Figure 9. (a) Simulated and measured rotor cooling without the specimen; (b) Simulated and measured
rotor temperatures without the specimen during cycling.

One reason why the losses could be underestimated can be found in the loss coefficients of the
NO20 sheets in the AMBs and PMSM. The loss measurements done by the manufacturer that were used
to identify the loss coefficients are normally performed on unmachined sheets after a precise annealing
process. However, the material behavior can change during milling and heating. For example,
a damaged sheet isolation can increase eddy current losses by up to 30% [24] and hysteresis losses
can vary more than 50% depending on their heat treatment [25]. Because these changes can hardly be
quantified, the calculated losses are adjusted to fit the temperature measurement. At the lower AMB,
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the calculated losses were increased by 10% to fit the temperature at the lower temperature sensor.
Since the sheets at the upper and lower AMB were milled and heated similarly, the losses in the upper
AMB increased by 10% as well. To further match the simulation with the measured temperature at
the upper sensor, 8 W of additional losses in the axial AMB were required in the simulation. For the
loss calculation, it was assumed that the axial AMB is perfectly symmetrical with respect to the
rotational axis. In reality, small circumferential variations in the material of stator and rotor lead to flux
changes during rotation and hence to higher rotor losses. Furthermore, control activities in the AMBs
were neglected in the simulation, but during the measurement, considerable movement in the axial
direction was observed. The adjusted losses are summarized in Table 3. A transient thermal simulation
with the adjusted loss values showed good accordance with the measured data (see Figure 10a).

Table 3. Adjusted mean losses in the rotor during cycling.

Axial AMB Upper AMB Lower AMB

8.1 W 16.9 W 13.8 W

 

(a)  (b) 

Figure 10. (a) Simulated and measured rotor temperatures with adjusted AMB losses without the
specimen during cycling; (b) Simulated steady state temperature of the rotor with and without
the specimen.

With the adjusted loss values, a steady state thermal simulation of the test rig with and without
the specimen was performed. Without the specimen, the motor needs an rms phase current of 3.8 A to
accelerate the rotor during the described cycle, but with the specimen an rms phase current of about
37 A is required. The losses of the PMSM were considered accordingly in the simulation. The other
losses in the rotor were assumed to be equal for both cases. The simulated temperature distribution in
the center of the rotor over the axial length is shown in Figure 10b. In the specimen, the temperature
between the FRP and the steel segments is displayed. The maximum temperature without a specimen
was 176 ◦C, located at the upper AMB. Even though higher rotor losses occur with the specimen,
the rotor temperature was 10 ◦C lower than without it, as the large surface area of the FRP benefits
heat transfer to the surrounding containment. The thin tapering at the hub led to a large temperature
drop between rotor and specimen, preventing the temperature of the FRP from exceeding 40 ◦C.
The operation temperature of the FRP in the flywheel must not exceed 80 ◦C. The magnets of the
PMSM should not be operated over 120 ◦C. In order to have a safety margin, the magnet temperature
should not exceed 110 ◦C. The simulation results, however, show a temperature of the magnets of over
140 ◦C. Thus, to avoid reducing the cycle time, rotor losses have to be reduced.
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4. Loss Reduction

As seen in the previous section, the highest power losses in the rotor were due to rotational losses
in the radial AMBs and PMSM, as well as switching losses in the PMSM, which all a have similar order
of magnitude. Losses due to control activities in the axial AMB were slightly lower. Switching in the
AMBs and air friction can be neglected. Hence, the main focus should be on the reduction of rotational
losses in the radial AMBs and the PMSM as well as switching losses in the PMSM. In this paper only
the radial AMBs will be further discussed.

4.1. Reducing Losses in the Radial Bearings

One effective way to reduce the rotational losses of an AMB is to reduce its bias current IB.
For example, reducing IB from 5.67 A to 4 A reduces the rotational losses in the rotor by more than 50%,
to 8.2 W in the upper AMB and 6.8 W in the lower AMB. A thermal simulation and measurement
with IB = 4 A was performed, where the rotor was again cycled according to Figure 8a. The results
are shown in Figure 11. The transient simulation and the measurement of the test rig without a
specimen again show sufficient correspondence (see Figure 11a). The steady state simulation predicted
a maximum temperature of 129 ◦C at the axial AMB and 123 ◦C at the PMSM without a specimen,
as well as 127 ◦C and 117 ◦C with a specimen (see Figure 11b). Changing IB also changes the rotor
dynamics in the AMBs. To evaluate the possibility of a bias reduction, the dynamics of the levitated
rotor will be investigated in the next section.

 
(a) (b) 

Figure 11. (a) Simulated and measured rotor temperatures with a reduced bias current of 4 A in both
AMBs without the specimen during cycling; (b) Steady state rotor temperature with a reduced bias
current of 4 A in both AMBs with and without the specimen.

4.2. Rotor Dynamics

A mechanical 3D-FE model of the rotor was created and evaluated. For a modal analysis of
the model, the AMBs were modeled as springs with a constant stiffness of 2.5 × 105 N/m. The first
bending mode of the rotor without a specimen lay at 1,030 Hz, thus 353 Hz above the highest rotational
frequency. The calculated second bending mode was at 2,170 Hz. Measured Campbell diagrams of the
rotor without the specimen are shown in Figure 12. They were derived from the signals of the radial
position sensors of the AMBs during an acceleration of the rotor from 0 rpm to 40,000 rpm in 110 s.
The signals were filtered with a 5 kHz low-pass filter and sampled with 10 kHz. To create the Campbell
diagram, the measurement was divided into 4096 sample long windows, and for each window a
Fourier transformation was performed. Figure 12a shows the Campbell diagram of the position data
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of the upper AMB with IB = 5.67 A. The lines starting at the lower left corner are harmonics of the
rotational speed, the thickest one being the first harmonic. Odd harmonics of the rotational speed are
clearly visible, whereas even harmonics are barely detectable. The approximately horizontal lines are
eigenfrequencies (EFs) of the system. At about 90 Hz lies the rigid body tilting mode of the rotor in
the AMBs. The translational rigid body mode is not visible in the diagram. The first bending mode
of the rotor can be seen at 1057 Hz, the second at 2063 Hz. The second splits into a forward and
backward mode. While the calculated first bending mode only differed by 27 Hz, the second bending
mode was about 100 Hz lower than the simulation predicted. Underneath each Campbell diagram,
the mean deflection of the rotor for each window is shown. The deflections were less than 20% of the
backup bearing clearance of 200 μm. Peaks can be seen when the rotational speed or its harmonics
hit an EF. The first two peaks were due to the rigid body modes. The next peak at 25,000 rpm was
caused by the fifth harmonic reaching the forward mode of the second bending EF, and the last peak at
39,000 rpm was caused by the third harmonic reaching the backward mode of the second bending EF.
Smaller peaks can also be seen when higher harmonics reach the second bending EF, where every
second odd harmonic excited its forward mode and every other odd harmonic excited the backward
mode. A notch filter was placed at 1 kHz in the AMB control, so there was no additional excitation of
this EF due to harmonics of the rotational speed. Figure 12b shows the same evaluations for IB = 4 A.
The harmonics were not influenced by IB and the EFs only changed slightly. However, the amplitude
of the deflection differed noticeable. The peak where the first harmonic crossed the second rigid body
mode was about 30% higher with a reduced IB, whereas the peaks at higher speeds were now below
20 μm. Because the normal speed range starts at 15,000 rpm, the rigid body mode has to be crossed
only once per test, while the peak at 25,000 rpm is reached twice every cycle. Consequently, without a
specimen, reducing IB does not only reduce the rotational losses, but also reduces the control activity
of the AMB during cycling.

 
(a) (b) 

Figure 12. (a) Measured Campbell diagram and deflection of the rotor with a bias current of 5.67 A
without specimen; (b) Measured Campbell diagram and deflection of the rotor with a reduced bias
current of 4 A without specimen.
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Measurements with a specimen were not performed yet, but Figure 13a shows the calculated EFs
and Figure 13b the simulated Campbell diagram of the rotor with the specimen. The first elastic mode
was at 9 Hz, where only the specimen tilts at the tapering. At speeds higher than 9 Hz, the CoG of the
specimen did not move translationally. In the second, third, and fourth modes, the specimen was tilting
around its CoG and in the fifth mode it does not move at all. The rotor showed elastic deformations
beginning with the fourth mode. Due to the high inertia ratio of the specimen, the higher EFs showed a
strong dependency on the rotational speed, which can be seen in the Campbell diagram in Figure 13b.
The first three EFs were below 250 Hz, where the fatigue testing begins, and have to be passed while
starting a test. The fourth EF increased in such a way that it is not reached by speed-synchronous
excitations within the operation range. However, due to the close proximity of the fourth mode,
the bandwidth of the AMBs has to include this frequency. The fifth EF had a minimum distance of
290 Hz to the rotational speed and therefore it will have to be filtered out from the position signal.

 

(a) (b) 

Figure 13. (a) Calculated bending eigenmodes below 1 kHz of the rotor with sample; (b) Calculated
Campbell diagram of the rotor with the specimen. Each eigenmode shown in (a) splits in a forward
and a backward mode.

For the differential winding design, which is used for the radial AMBs, the control current has to
be smaller than IB. To allow control currents bigger than IB the AMBs would have to be rebuilt for
a differential control design and a nonlinear control might be needed (see [15,26–28]). Both would
require major changes in the hardware. Hence, with the existing hardware, reducing IB also reduces
the maximum force the actuators can generate. In the centered position, one AMB can generate a force
of 278 N with IB = 5.67 A, but only 144 N with IB = 4 A. For the rotor without a specimen this is
unproblematic, because there are nearly no external loads in the test rig and the rotor can be precisely
balanced to minimize unbalance forces. However, the initial unbalance of an assembled specimen is
big and balancing it precisely is difficult. The force generated by the AMB has to be big enough to
counteract the unbalance force while passing the first three EFs. This has to be further investigated.

4.3. Increasing the Cycle Time

When no further loss reduction can be achieved, the cycle time has to be changed. In the upper
example, even with a bias current of 4 A, the rotor temperature were above 110 ◦C but below 120 ◦C, as
shown in Section 4.1. If further bias reduction or other loss reduction strategies are not applicable, a less
favorable possibility to reduce the rotor temperature is to increase the cycle time. Here, two variations
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were considered, which are illustrated in Figure 14a. In the first variation, the acceleration of the
rotor is reduced to lower load dependent losses in the PMSM, in the second variation, after a cycle,
the rotational speed is held constant at 15,000 rpm for a while to allow the rotor to cool down. How long
the cycle has to be increased depends on the associated loss reduction and the maximum allowable
rotor temperature. For example, the cycle time could be increased from 30 s to 37 s to reduce the
rms motor phase current from 37 A to 30 A, and thereby the rotor losses in the PMSM by 1.7 W to
17.4 W. Losses in the AMBs stay the same. Alternatively, after a 30 s cycle, the speed is held constant
at 15,000 rpm for 7 s. Here, the mean losses can be calculated by averaging the mean losses for the
first 30 s, as shown in Sections 3.5 and 3.6, and the losses at a constant speed. To keep the rotor
without a specimen at a constant speed of 15,000 rpm, an rms phase current of 1.8 A is needed in
the PMSM. Hence, it was assumed that an rms phase current of less than 10 A is needed to keep the
rotor with a specimen at constant speed. Below 10 A, losses were nearly independent of the phase
current (see Section 3.3). The resulting mean losses are summarized in Table 4. For the axial AMB
constant, rotor losses of 8.1 W were assumed for both variations. The total cycle time in both variations
was 37 s and the whole test would take the same amount of time—86 days to perform 200,000 cycles.

  
(a) (b) 

Figure 14. (a) Variations of increasing the cycle time to reduce the rotor temperature; (b) Steady state
rotor temperature of both cycle variations with a reduced bias current of 4 A in both AMBs with
a specimen.

Table 4. Mean rotor losses during cycling variation 1 and 2 with a reduced bias current of 4 A.

Upper AMB PMSM (30 A) PMSM (37 A) Lower AMB Air Friction

Variation 1 8.2 W 17.4 W - 6.8 W 0.70 W

Variation 2 7.5 W - 17.7 W 6.2 W 0.59 W

Since losses in the PMSM showed only a small dependency on the load, the total mean losses in
variation 2 were smaller than in variation 1. The calculated rotor temperature is shown in Figure 14b.
For variation 1, the maximum calculated temperature in the permanent magnets of the PMSM was
115.6 ◦C, and for variation 2 it was 111.0 ◦C. Thus, with a slightly increased cooling time at 15.000 rpm,
variation 2 should not reach the critical magnet temperature, whereas variation 1 has no big benefit for
the rotor temperature. However, in the model the thermal conduction between rotor and magnets of
the PMSM is assumed as ideal. In reality, small gaps could decrease the conductivity and therefore
increase the dependency of the magnet temperature on the internal losses of the PMSM. This would
make the loss reduction in the PMSM critical compared to the other components, giving variation
1 higher relevance.

5. Discussion

This paper proposed a structured approach to evaluate the heating of a magnetically levitated rotor
in a vacuum, and deduced measures to avoid critical temperatures. First losses and the subsequent rotor
heating were calculated. The rotational losses in the radial AMBs and the PMSM were identified as the
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main rotor loss mechanisms in the test rig. Losses in the axial AMB during rotation are smaller but also
in the same order of magnitude. Switching losses in the AMBs and air friction losses only have a very
small contribution to the total losses. One way to achieve loss reduction in the radial AMBs, without
major changes in the spindle hardware, is to reduce the bias current. While doing so, the controllability
of the rotor has to be ensured. The applicability of this approach was shown for the rotor without a
specimen, but was not yet shown with a specimen. Stability problems could arise at low rotational
speeds where many EFs can be excited. An adjustment of the bias with the rotational speed might be
necessary. Further loss reduction can be accomplished by reducing the control activity. A centralized
control of the radial AMBs should reduce the activities in the upper radial AMB. To realize a centralized
control, however, the amplifier needs to be replaced. An overview of loss reduction strategies in AMBs
can be found, for example, in [15]. Losses in the PMSM can be reduced by increasing the switching
frequency of its inverter or by employing an output filter. Both options also require changes in the
hardware. If no further loss reduction can be achieved, the cycle time has to be adjusted, so that the
critical rotor temperature is exactly reached. In the present case, the cycle time had to be increased.
With a cycle time of 37 s and a bias current of 4 A in both radial AMBs, a calculated steady state
temperature of 111 ◦C can be reached, however, this has the drawback of an increased test duration.
To account for modeling errors, the cycle time can further be adjusted during operation, depending on
the rotor temperature, in a closed control loop. For the calculations, a constant thermal conductivity
in the rotor was assumed. This assumption is especially critical between the magnets and the rotor.
In reality, the thermal coupling will be poorer, resulting in a higher magnet temperature.
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Appendix A

The following Table A1 shows the measured stator temperature of the test rig during cool
down. Table A2 shows the same temperatures during cycling with a bias current of 5.67 A and
Table A3 shows them during cycling with a bias current of 4 A. These temperatures were used in their
corresponding simulations.

Table A1. Measured stator temperature during cool down.

Time in s axial AMB Time in s Upper AMB Lower AMB Time in s Motor

0 25.0 ◦C 0 38.8 ◦C 40.9 ◦C 0 35.4 ◦C
4500 23.1 ◦C 2500 35.7 ◦C 37.3 ◦C 550 23.3 ◦C
7600 22.5 ◦C 7600 34.6 ◦C 35.6 ◦C 7600 22.3 ◦C

Table A2. Measured stator temperature during cycling with a bias current of 5.67 A.

Time in s Axial AMB Time in s Upper AMB Lower AMB Time in s Motor

0 18.6 ◦C 0 18.9 ◦C 18.9 ◦C 0 20.7 ◦C
1800 22.4 ◦C 1600 43.0 ◦C 45.3 ◦C 800 35.2 ◦C
5720 25.9 ◦C 5720 51.1 ◦C 53.3 ◦C 5720 35.5 ◦C
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Table A3. Measured stator temperature during cycling with a bias current of 4 A.

Time in s Axial AMB Time in s Upper AMB Lower AMB Time in s Motor

0 18.5 ◦C 0 18.9 ◦C 19.0 ◦C 0 20.2 ◦C
2800 23.0 ◦C 1850 32.7 ◦C 34.9 ◦C 800 35.2 ◦C
8000 25.0 ◦C 8000 38.8 ◦C 40.9 ◦C 8000 35.4 ◦C
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Abstract: Passively magnetically stabilized degrees of freedom yield the benefit of reduced complexity
and therefore costs. However, the application of passive magnetic bearings (PMBs) also features
some drawbacks. The poor damping capability leads to exaggerated deflection amplitudes when
passing the resonance speeds of the applied system. This results in the necessity of external damping.
Complying with the goal of costs and complexity, viscoelastic materials offer a suitable solution.
However, these materials show high frequency and temperature dependent properties which induce
the necessity of a proper model. Thus, the design of systems, as presented in this paper, requires
accurate modeling of the dynamic behavior including the nonlinear characteristic of damping
elements to predict the system displacements. In the investigated setup only two degrees of freedom
remain to be controlled actively. These are the axial rotation and the axial position of the rotor which
are controlled by the motor and an active magnetic axial bearing (AMB). This article focuses on the
rotor dynamic modeling of a radial passively magnetically stabilized system especially considering
the nonlinear behavior of viscoelastic damping elements. Finally, the results from the analytic model
are verified by measurements on a manufactures test system.

Keywords: passive magnetic bearing; viscoelastic material; damping; modeling; rotor dynamics;
active magnetic bearing; cost reduction

1. Introduction

Nowadays, the number of applications for rotating machines is huge. In general, therefore,
the rotor is supported with traditional mechanical ball or slide bearings, which feature the drawback
of applied lubricants, mechanical friction and resulting wear. Magnetic bearing technology is
a contemporary research area that can be described as relatively young. The principle is based on the
generation of suspension forces by magnetic fields which allows a contact-free operation of the motor.
Magnetic bearings have their advantages especially in areas that require high-purity operation or very
high speeds. These applications can be found in machining technology as milling spindles, in vacuum
technology as turbomolecular pumps, in medical applications as blood pumps as well as in flywheel
accumulators [1,2] and gas compressors. Additionally, the aspect of service life is superior, due to the
fact that in magnetically suspended systems it is only determined by the electronic components.

In addition, as is usual in the field of magnetically stabilized system design, the costs play a very
important role. The high complexity compared to standard ball bearings has thereby a major impact on
the price. With reference to fully actively stabilized systems, which are still applicable in commercial
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areas, investigations regarding passively stabilized systems are rare [3,4]. The first works on passive
permanent magnetic (PM) ring bearings can be found in 1976 [5]. In 1981, Yonnet [6] characterized the
different possible bearing principles for the first time. Marinescu and Yonnet presented the basics for
dimensioning of PM ring bearings in 1979 and 1980 [7,8]. A great advance in analytical computability
was presented by Lang [9] for attractive ring bearings. An extension to repulsive ring bearings was
provided by Jungmayr [10]. Today the filed of applications for passive PM ring bearings include
spinning centrifuges, turbomolecular pumps, flywheels and fully magnetically stabilized fans.

The use of passive magnetic bearings (PMB) offers a very interesting approach to reduce the
complexity of the magnetic bearing to a minimum and thereby makes the application attractive for
cost-sensitive areas. Hence, in such systems the demand for power electronics and position sensors is
minimized. The passive bearing arrangement by means of permanent magnets has to be emphasized,
as it enables a nearly loss-free bearing arrangement with very little effort. Furthermore it features the
advantage of easy determination of stiffness and static load carrying capacity. The determination of
the stiffness of permanent magnet bearings can be performed analytically in arrangements without
ferromagnetic material. For applications with ferromagnetic material finite element calculations are
necessary. However, a major disadvantage of permanent magnetic bearings is the extraordinary low
damping of the stabilized degrees of freedom, which lead to exaggerating deflections when passing
rigid body resonances during a run-up process. So additional damping has to be induced into the
system [11–14]. Especially systems with large unbalances need a very precise consideration of the
dynamic behavior.

A possibility to provide damping is offered by viscoelastic materials which meet the targets of
low costs and simplicity. Viscoelastic materials are currently being used in various applications for
damping and suppression of vibrations. The selection of the damping material itself is often empirical.
One reason for this lies in the complex dynamic behavior of this type of materials. In most cases
the stiffness and damping of elastomers feature a high dependency on the excitation frequency and
temperature. Using viscoelastic materials it is no longer possible to actively influence the system
dynamics subsequently. Thus, a precise consideration of the material characteristics is necessary.
This implies an exact knowledge of the overall system, especially the rotordynamic behavior, to ensure
proper operation. Occurring deflections, due to the rotor dynamics, have to meet certain restrictions,
to avoid contact between the rotor and the stator. This requires the derivation of the systems equations
of motion and a proper model of the frequency-dependent damping elements behavior.

The concept examined in this paper is based on an industrial application, which is located in the
area of mass production. With a large number of manufactured systems the price plays a decisive role.
Thus, only system concepts come into consideration, which can drastically reduce costs. The avoidance
of actively stabilized degrees of freedom and the resulting hardware savings (electronics, sensor
technology, bearing coils) are crucial. Concepts with passively magnetically stabilized degrees of
freedom are favorable due to their simplicity and low costs. However, a solution can only be achieved
if the above-mentioned problems of damping can be solved in a cost-effective way. Although the
modelling of viscoelastic damping elements is very complex, it offers an approaches to set up a proper
system description.

The aim of this work is the design and optimization of a low-cost magnetic bearing drive system
taking into account the special boundary conditions of the application. The high reliability of the
concept is to be demonstrated, helping to implement contactless bearings in the industrial field
more often.

In Section 2 the system setup and components are described. Section 3 determines the viscoelastic
material model followed by Section 4, where the derivation of the equations of motion is presented.
With the derived model an optimization is performed in Section 5. Finally, the optimized system is
verified by measurements in Section 6.
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2. System Setup

Based on the application considered, the rotor features a vertical alignment. The speed range
is 10.000–30.000 rpm, which, however, is constantly interrupted. Hence, a frequent start and stop of
the system is demanded. A very critical point are unbalances, which will lead to high deflections in
the passive bearings. These unbalances occur mainly due to constantly changing additional process
masses, which are attached to the rotor during operation. Thereby the unbalance maximum is defined
by a value of 20 gmm and can be applied to the rotor at any position. The drive system itself can
be balanced in order to reduce the unbalance to a minimum. However, the unbalance of the process
mass must be taken as the occurring unbalance. Especially in connection with a PMB concepts,
this represents an immense challenge and requires an exact consideration of the damping elements.

Geometric restrictions exist on the outer diameter of the rotor which is given by a maximum
value of 42 mm. This requires a very compact design of the system. The limited space conditions lead to
a stacked vertical construction. Figure 1 shows the setup of the considered magnetically levitated system.

active axial
magnetic
bearing

motor stator
iron

upper viscoelastic
ring support

non magnetic
stator shaft

non magnetic
rotor

bearing coil

active
bearing
magnet

motor magnet

motor coil

passive radial
magnetic
bearing

housing
lower viscoelastic
ring support

position sensor

additional linked
part

upper measurement
point

lower measurement
point

levitated rotor part

Figure 1. Setup of the investigated system.

In the shown configuration, the radial deflections and the tilting are stabilized by two radial
permanent magnet bearings. These ringbearings are of repulsive type and use axial magnetized magnets,
which are easy to produce and lower the costs for the bearings. Furthermore, this configuration offers
the opportunity of magnet stacking [15] to achieve higher bearing stiffness with the same cross section
and thereby simplifies the rotordynamic design procedure.

Without ferromagnetic material near the PM the stabilizing radial stiffness of the bearings can be
analytically calculated [9]. This drastically simplifies the bearing design for the prototype, because

61



Actuators 2019, 8, 33

no finite element simulations are necessary. Due to Earnshaw’s theorem [16], which is adapted for
passive ring bearings in [17], the destabilizing axial stiffness sz of the bearings is given by

sz = −2 · sr, (1)

where sr describes the stabilizing radial stiffness.
Hence, at least one direction needs to be stabilized actively. In between the active axial bearing,

the motor and the position sensor [18,19] are placed. As damping elements viscoelastic ring elements
are used. These elements are located between the stator and the system housing. The viscoelastic ring
elements are placed and glued in two aluminum rings to allow easy mounting. With this concept and
the right dimensioning, it is possible to achieve improved dynamic system properties [20]. The rotor is
designed as an exterior rotor. In principle, interior rotor concepts are also possible, but it should be
avoided that the critical bending Eigenfrequencies of the rotor occur within the speed range. Moreover,
the supporting rod of the motor, the active bearing and the sensor system become thin. Hence,
the flexible behavior might as well affects the dynamics of the system. However, the considered motor
is constructed with a slotted stator and ferrite magnets for cost reduction. As AMB a reluctance force
bearing is used, whose force density is higher compared to a Lorenz force bearing.

3. Model of the Viscoelastic Behavior

Viscoelastic materials feature a frequency dependent behavior of the stiffness and damping values.
To describe the characteristics of such materials often a generalized Maxwell model is used [21–23].
As shown in Figure 2, such a model consists of a single spring with the equilibrium modulus E0 and
several Maxwell units in parallel. This spring E0 describes the material response after infinite time.
Each Maxwell consists of a single spring and a single damper in series, reproducing the frequency
dependency by adding different time constants τn. So a quasi non-linear behavior can be represented
by superposing linear elements. For harmonic excitations in the frequency domain a representation of
the generalized Maxwell model with a complex modulus

E(ω) = E′(ω) + jE′′(ω) (2)

is useful. Thereby, E′ stands for the storage module and E′′ for the loss module. The quotient gives the
loss factor

η = tanδ =
E′′

E′ . (3)

Converted to the Prony parameters [24] of the generalized Maxwell model the components of the
complex modulus result in

E′(ω) = E0 +
N

∑
n=1

En
ω2τ2

n
1 + ω2τ2

n
(4)

and

E′′(ω) =
N

∑
n=1

En
ωτn

1 + ω2τ2
n

(5)

with the time constants τn = dn
En

.
In addition, the Maxwell model uses N inner states yn. A main advantage of this model is its easy

integration as it can be described by a system of linear differential equations.
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Figure 2. MAXWELL-Modell of the viscoelastic materials dynamic behavior representing one viscoelastic
ring support.

Determination of Material Parameters

To describe the thermo-viscoelastic behavior usually master curves are used [24]. Thereby,
the theory of temperature-time-correspondence is applied to combine measurements at different
temperatures and draw conclusions for other frequencies. The basic approach is depicted in Figure 3.
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Figure 3. Application of the temperature-time-correspondence.

In theory [25] viscoelastic material shows the same storage modulus for a certain temperature T1

and frequency f1 as for a different temperature T2 and a referring scaled frequency f2 according

E( f1, T1) = E( f1 · aT2−1 , T2) = E( f2, T2) (6)

with the shift factor aT2−1 . With lower temperatures the storage modulus is increasing and falling
with increasing temperatures. As only a limited frequency range can be measured, one measurement
is not sufficient to represent the required frequency range. Hence, it is necessary to combine the
measurements. The shift factors aT thereby perform a vertical shift of the measured data, so that
a smooth overall mastercurve is resulting. If unfilled elastomers are used, the kinetic-theory-factor [25]
has to be applied, which is obtained from the theory of entropy elasticity. The storage modulus is
thereby horizontally shifted to the reference temperature Tr using

E(Tr) =

⎧⎪⎪⎪⎨
⎪⎪⎪⎩

E(Tm) ∗ Tr

Tm︸︷︷︸
kT

∗ ρr

ρ︸︷︷︸
≈1

Tm ≥ Tg

E(Tm) Tm < Tg

(7)

63



Actuators 2019, 8, 33

with Tm as measured temperature and Tg as the glass transition temperature. The factor ρr/ρ

normalizes the specific volume at a temperature Tm to the reference temperature Tr. Therefore,
the horizontal shift is only applied to temperatures lower than the glass transition temperature,
which lies for technical elastomers normally far below zero degrees Celsius. The loss factor values are
also shifted in that process as it is the quotient of E′ and E′′.

Reliable master curve data is hardly provided by most manufacturers and even if available
it is essential to know the exact measurement conditions. For example a measurement under
precompression shows a very different behavior compared to the same measurement without
precompression. Hence, it was decided to measure the data on our own. Even though the measurement
principle looks simple, it is a very tricky task. In Figure 4 the employed measuring method is shown.
It is based on the so called Dynamic-Mechanic-Temperature-Analysis (DMTA).

excitation

temp. chamberposition measurement

Tmeas

specimen

load cell

Fz(t)

δ,K∗

x(t)

T1

T2

E∗, η

f

Figure 4. Scheme of the employed measuring method for the viscoelastic materials.

A specimen is excited at different temperatures by harmonic deformation x(t) at various
frequencies. In the process the reaction force F(t) is measured by a load cell. Thereby, the ratio
between force and displacement reflects the stiffness of the material. Due to dissipation effects a phase
shift δ occurs between the force and the displacement, which represents the damping capability of
the material. The measurement leads to the so-called isotherms. Thereafter, the measured stiffness
values [26] have to be converted to the material significant storage modulus E′ and loss modulus
E′′ using the geometric parameters of the specimen. For a circular specimen with the height hs and
diameter dsthe relation between the measured axial stiffness kax and the material modulus E is given by

kax = E · A
hs

· (1 + 2S2) S =
ds

4hs
A =

d2
s ∗ π

4
. (8)

In Figure 5a,b the measured isotherms of a selected butyl rubber with a hardness of Shore A40
are shown. It can be seen that the storage modulus is increasing with lower temperature. However,
the loss factor shows, at the beginning, an increase with lower temperature till it reaches a maximum
value. Afterwards, the loss factor falls again.

64



Actuators 2019, 8, 33

Frequency (in Hz)

S
to
ra
g
e
m
o
d
u
lu
s
E

′
(i
n
M
P
a
)

103102101
0

50

100

150

54◦C
35◦C
25◦C
17◦C
10◦C
3◦C
−3◦C
−7◦C
−12◦C

(a)

Frequency (in Hz)

L
o
ss

fa
ct
o
r
ta
n
δ

103102101
0

0.2

0.4

0.6

0.8

1

1.2 54◦C
35◦C
25◦C
17◦C
10◦C
3◦C
−3◦C
−7◦C
−12◦C

(b)

Figure 5. Storage modulus (a) and loss factor (b) of the measured isotherms.

For this material also measurement data from the manufacturer is available. It was observed
that the measured data shows a 50% higher stiffness and a 30% lower loss factor compared to
the given data provided by the manufacturer. That proves the difficulty to get proper material
specifications. The isotherms are afterwards shifted using Equation (6) processing the vertical shift
and (7) for the horizontal shift of the data below the glass transition temperature to obtain the
master curve considering a smooth gradient of the stiffness and loss factor. However, there are
other possibilities to shift the data. Basically the procedure to find the optimal shift parameters
and consequently the identification of the Prony-parameters requires the solution of a nonlinear
minimization problem. In this work a genetic algorithm is used varying the shift parameters and
determineing the Prony-parameters by minimizing the mean square deviation. The results are plotted
in Figure 6. The fitted model shows a very good compliance with the measured data.
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Figure 6. Fitted curves of the storage modulus (red) and the loss factor (blue) in comparison to the
measured data (×) at a reference temperature of 25 ◦C, whereby the different colors mark the various
measurement temperatures.

4. Rotordynamic Model

In the considered system, high rotor unbalances are induced by variable process masses acting on
the rotor. Obviously, the relative deflection between stator and rotor in the PMB planes are important.
To determine the movements of the system bodies the equations of motion have to be derived. Due to
the system setup, the AMB, the motor and the upper PMB, are located on a thin shaft. Therefore,

65



Actuators 2019, 8, 33

also the bending of this part have to be considered. The equations of motion are conducted by using
the projection equation [27], which projects the (generalized) forces into the unconstrained space,
where the motion takes place. These forces are given by

N

∑
i=1

[(
∂Rvsi

∂q̇

)T (∂Rωsi
∂q̇

)]⎡⎢⎣ (R ṗ +R ω̃IR R p −R f s)i

(R L̇ +R ω̃IR RL −R Ms)i

⎤
⎥⎦ +

(
∂V
∂q

)T
+

(
∂R
∂q̇

)T
= 0, (9)

with Rvsi and Rωsi describing the bodies velocities and angular velocities, while R p and RL represent
the impulse and angular momentum in the reference system R. Thereby,

(
∂Rvsi

∂q̇

)T
and

(
∂Rωsi

∂q̇

)T
(10)

represent the Jacobian matrices and the therms

(
∂V
∂q

)T
and

(
∂R
∂q̇

)T
(11)

are used to consider potential forces (e.g., springs, dampers, elastic potential and gravitation). R f s and

R Ms describe forces and torque acting on the center of mass.
The rotor is modeled as rigid body, whereas the stator is split into a rigid lower part and a flexible

upper part, because the moment of resistance of the lower part is much higher due to the increasing
diameter. The mass of the AMB and the motor are integrated into the rigid part of the stator to reduce
the complexity of the model. The upper PMB is modeled as point mass. As flexible beam model a Ritz
approach based on a cubic function u(z) = a0 + a1z + a2z2 + a3z3 is used to describe the occuring
displacements of the flexible stator part. Figure 7 shows the comparison of the exact and approximated
first and second Eigenmodes of a semibeam. As can be seen, the cubic approach gives a very good
representation of the first bending mode which is the most important for the investigated system.
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Figure 7. Comparison of the exact and approximated Eigenmodes of a semibeam bending.

For modelling a linear spring elements the potential energy is used. In the system such linear
springs can be used as representation for

• the passive magnetic ring bearings,
• the stiffness of the damping elements,
• the (negative) stiffness of the motor,
• and the (negative) stiffness of the active magnetic bearing in radial direction.
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The potential energy of a linear spring is determined by

V F =
1
2

Δx(q) K Δx(q), (12)

where Δx(q) describes the relative extension vector of the spring from the force-free position
as a function of the generalized coordinates q and K represents the tensor of spring constants.
The same approach can also be used to describe the influence of elastic elements to their attachments.
The speed-proportional potential energy of a damper is given by

RD =
1
2

Δẋ(q, q̇) D Δẋ(q, q̇). (13)

D describes the tensor of damping constants and Δẋ(q, q̇) the relative velocity vector of the damper
dependent on q and q̇.

The equation of motion obtained from the projection equation generally shows the structure

M(q)q̈ + g(q, q̇)− Q(q, q̇) = 0. (14)

and is of non-linear character. M(q) is the skew symmetric mass matrix. g(q, q̇) contains the remaining
terms of the acceleration like centrifugal- and coriolis forces. In Q(q, q̇) the applied spring-, damper-
and weightforces as well as the actuating forces and moments take place. If only small deflections
from the rest position q = q0 + Δq are assumed, Equation (14) can be developed by a TAYLOR series.
A development up to terms of first order is sufficient and only the linear differential equation for small
deflections remains

M0Δq̈ + P0Δq̇ + Q0Δq = 0 (15)

with

M0 = M(q0), P0 =
∂(g − Q)

∂q̇

∣∣∣∣
q0

, Q0 =
∂Mq̈

∂q

∣∣∣∣
q0

+
∂(g − Q)

∂q

∣∣∣∣
q0

. (16)

The matrices P0 and Q0 can be split in their symmetric and antisymmetric parts whereby the
linearized equation of motion is as follows:

M0Δq̈ + (G + D)Δq̇ + (N + K)Δq = 0 (17)

• G: gyroscopic matrix
• D: damping matrix
• N: matrix of non-conservative forces
• K: matrix of conservative forces (potential forces)

Due to the symmetry of the bearing arrangement, it is possible to halve the system order by
introducing complex coordinates. The translations are defined by

rc = x + jy (18)

and the tilting by
ϕ

c
= α − jβ. (19)

The transformation zr = TcΔq leads to the system valid in the complex coordinates z:

Mcz̈r + (Gc + Dc)żr + (Nc + Kc)zr = 0. (20)

The system matrices are transformed according

Ac = Tc · A · Re{TT
c }, (21)
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whereby A stands for a general matrix.
To include the viscoelastic behavior the dynamic system model with zr states has to be extended

with the inner states zi of the material model

z =
[

zr yi υi

]T
=
[

zr zi

]T
. (22)

There yi are the translational and υi the rotational inner states. The first order differenzial system
is then given by ⎡

⎢⎣E 0 0

0 Mc 0

0 0 Di

⎤
⎥⎦
⎡
⎢⎣ żr

żp
r

żi

⎤
⎥⎦ +

⎡
⎢⎣ 0 -E 0

Kc Dc + Gc Kic
Kci 0 Ki

⎤
⎥⎦
⎡
⎢⎣zr

zp
r

zi

⎤
⎥⎦ = 0 (23)

with żr = zp
r . This transformation in a first order system is not trivial, because the inner states are

massless and thus the mass matrix M is not invertible. As the inner states are only present in the first
derivative only the general states zr have to be transformed. The system of the inner states can be
included in the last row and column of (23).

With the derived system the deflections of the system as well as the eigenfrequencies can be
calculated. For the eigenmodes the linear differential equation

ẋ = Ax (24)

can be solved using an exponential approach

x = x̂eλt (25)

leading to the characteristic system
[λE − A] x̂ = 0. (26)

This system has a non-trivial solution when

det (λE − A) = 0. (27)

The eigenvalues resulting from the solution of the polynomials have thereby the shape

λi = δi + jωi. (28)

δi describes the damping constant and ωi the frequency of the corresponding eigenmode. The resulting
motions of the system in its eigenmodes are depicted in Figure 8.

The green points represent the PMB’s and the viscoelastic damping connections. The red cylinder
is thereby showing the rotor and the blue shaft indicates the flexible stator beam connected to the grey
rigid part of the stator. As it is shown in the four modes the stator is tilting as a entity, where as the
rotor shows a tilting around the lower PMB in the first mode and around the upper PMB in the second
mode. In the third rigid mode the rotor points a translational movement. The fourth mode indicates
the semibeam bending of the flexible stator beam.

Figure 9 shows the effect of the flexible stator shaft of a designated system for different shaft
materials. In the top PMB the deflections in the first resonance at about 40 Hz are increasing with
softer material. Furthermore, the bending frequency, which is present in the range of 400–500 Hz is
situated in the operation range. The stator shaft material has a huge influence on the relative rotor
deflections in the first bending mode. Due to the required space limitation for the AMB, the motor
and the position sensor system, the minimum stator shaft length is given with 116 mm as used in
Figure 9. As the deflection, due to the bending, cannot be influenced by the stiffness of the PMBs
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and the stiffness and positioning of the damping elements, the only suitable material for the shaft,
that meets the requirements of a maximum deflection in the PMB planes of 500 μm, is steel.

(a) (b) (c) (d)

Figure 8. Schematic representation of the system motions in the three rigid body modes (a–c) and the
first flexible mode of the stator beam (d).
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Figure 9. Relative rotor deflection at the upper PMB of not optimized systems with different
shaft materials.

It is our goal to design a system that does not exceed a maximum deflection of 500 μm in both
PMBs to prevent contact with the fault bearings in case of a process-unbalance of 20 gmm. To achieve
this the stiffness and the position of the PMBs and the damping elements are varied for optimization.

5. Optimization

In the first optimization a given system setup was used and only the position and dimensions of
the viscoelastic damping elements were optimized by minimizing the relative rotor deflections to the
stator in the PMB planes. For optimization the software tool “SymSpace”, developed at the Linz Center
of Mechatronics (LCM), was used. It uses a genetic algorithm described in detail in [28]. In Table 1 the
main parameters of the system setup are given. The mass of the rotor includes the additional mass
which is mounted on the rotor. The variable parameters of the optimization with their referring range
limits are shown in Table 2.
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Table 1. Main parameters of the investigated system.

Description Variable Value Unit

Rotor

Mass of rotor mr 474 g
Polar moment of inertia Jrp 1.1 × 10−4 kg m2

Diametrical moment of inertia Jrd 4.74 × 10−3 kg m2

Stator

Mass of stator ms 373 g
Diametrical moment of inertia Jrd 8.2 × 10−4 kg m2

PMB’s

Radial stiffness of upper PMB kr,upper 25.7 × 103 N/m
Radial stiffness of lower PMB kr,lower 38.1 × 103 N/m
Magnetic air gap of PMB’s δm 0.8 mm
Geometric air gap of PMB’s δg 0.5 mm

AMB

Radial stiffness of AMB kr,AMB −5 × 103 N/m

Motor

Radial stiffness of motor kr,motor −6 × 103 N/m

Damping elements

Outer damping elements diameter do,DE 36 mm
Inner damping elements diameter di,DE 23 mm

Table 2. Variables for optimization.

Description Variable Min. Max. Unit

Height of upper element hu,upperDE 5 20 mm
Height of lower element hl,upperDE 5 20 mm
Position of upper element to the center of mass of the stator lu,upperDE −30 −50 mm
Position of lower element to the center of mass of the stator ll,upperDE −50 −100 mm

Material of upper element Shore A40, Shore A20
Material of lower element Shore A40, Shore A20

For excitation, two different unbalances with an unbalance value of 20 gmm are assumed. They are
located at the top and the bottom of the rotors linked part. Finally, it turned out that the employment
of two different damping materials leads to the best results. For the bottom viscoelastic element the
material with a hardness of Shore A40, which was measured, is preferable. For the upper damping
viscoelastic element a softer material with a hardness of Shore A20 shows the best results. However,
for this material only the manufacturer data was available leading to an uncertainty since the material
parameters play a major role for the rotor dynamic behavior. In Figure 10 the Pareto front of the
optimization is shown.

It can be seen that the relative rotor deflections can be minimized to a value of 160 μm for both
unbalance positions, which is much smaller than the PMB air gap of 500 μm. This proves the high
potential of elastomer materials. The optimized values for the damping elements are summarized
in Table 3.

Thereby, the lower harder element has the positive effect that it will carry the axial pre-load
generated from the system.
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Figure 10. Pareto-front of the optimization referring the maximum deflections arising due to the
specified unbalances of 20 gmm.

Table 3. Optimized Variables.

Variable Value Chosen Unit

ho,upperDE 9.6 10 mm
hl,upperDE 5.01 5 mm
lo,upperDE −31.6 −32 mm
lo,upperDE −97.2 −97 mm

Material of upper element Shore A20
Material of damping element Shore A40

6. Verification of the System Model

To verify the system model a prototype was built with the optimized damping elements. To ensure
a comparable initial situation to the simulation the rotor was initially balanced without any linked
part. As the unbalance of the process mass is not predictable, the verification is done with a system
without any process mass. Afterwards, two defined unbalances given in Table 4 were placed at two
specified positions also used for the balancing of the system. As it is not easily possible to measure
the relative deflections directly, only the absolute rotor movement is compared. The measurements
are conducted using laser triangulation sensors with a sample time up to 100 kHz and a resolution of
25 nm. Hence, also high rotational speeds can be quantified with high resolution.

Table 4. Verification unbalances.

Position Value Unit

Unbalance1 upper balance plane 7.6 g mm
Unbalance2 lower balance plane 5.6 g mm

To eliminate the effects of the remaining rotor unbalance, the deflections of the balanced rotor were
subtracted from the deflections with the defined unbalances. It should be noted that this subtraction
has to be performed properly considering the phases of the measured data and is only permitted
assuming a linear behavior of the system, which is already assumed in the modeling.

In Figure 11 the measured absolute rotor deflections in the PMB planes (see Figure 1) over to the
rotational rotor frequency is shown. It can be noticed that the highest displacement is occuring in the
lower PMB due to the unbalance in the upper balance plane. The difference to the low optimized
deflections shown in Figure 10 is caused by the lower rotor mass of the verification system as it is
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measured without the additional mass, which has an negative influence on the system adjustment as
shown in [20].
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Figure 11. Measured deflections of the system according to applied unbalances as given in Table 4.

Thus, the measured rotor displacements need to be compared with an adapted simulation. For this
the rotor has to be modified to characterize the one in the measured system without the process mass.
Without the process mass the rotor features the data given in Table 5.

Table 5. Parameters of the varified rotor.

Description Variable Value Unit

Mass of Rotor mr 365 g
Polar moment of inertia Jrp 9.32 × 10−5 kg m2

Diametral moment of inertia Jrd 2.46 × 10−3 kg m2

Comparing the adapted simulation with the measurement, as shown in Figure 12, revealed that
the rigid body modes of the real system are situated at lower frequencies. That indicates a system
featuring a lower overall stiffness. To identify the source of the difference first the stiffness of the PMBs
are investigated. In a separated measurement of the PMBs it turned out, that the real stiffness is 20%
lower than calculated. This is due to a lower PM remanent flux density, which was also confirmed
with a dipole measurement of the PM rings.
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Figure 12. Comparison of the measured data with the simulated deflections with “Unbalance1” (a) and
“Unbalance2” (b) specified in Table 4.
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Furthermore, the difference in the Eigenfrequencies indicate that the material of the upper
damping element offers a lower stiffness, either. To verify this assumption measurements of the used
material with a hardness of Shore A20 at a temperature of 20 ◦C and 25 ◦C were performed and
compared to the related stiffness and damping factor characteristics provided by the manufacturer.

Figures 13 and 14 show that the real stiffness and damping behavior is smaller than expected.
The measured stiffness values is only be reflected when setting the manufacturer data to a 5 ◦C higher
temperature. Regarding the loss factor of the material even about 12 ◦C temperature rise has to be
performed. That result shows again the necessity for proper material data, since the damping directly
affects the occurring deflections of the rotor. The large deviation is also due to the measuring method
used by the manufacturer, which uses a prestressing of the material in comparison to the self-used
measurement process without prestressing.
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Figure 13. Comparison of measured probe stiffness with the manufacturer data.
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Figure 14. Comparison of measured loss factor with the manufacturer data.

In Figure 15 the comparison of the adjusted simulation is presented. The adopted temperature
was set to a 12 ◦C higher temperature as the loss factor is the most important parameter considering
the deflection amplitudes. The frequency range is limited to 200 Hz since the bending of the stator
shaft is hardly apparent. The deflections show a very good agreement with the measurements.
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Figure 15. Comparison of the measured data with the simulated deflections with “Unbalance1” (a) and
“Unbalance2” (b) specified in Table 4 considering the lower PMB stiffnesses and a adopted temperature
of 37 ◦C for the upper damping element.

7. Discussion

Bringing magnetic bearing technology to a broader field of application requires the reduction of
complexity and costs. The idea to use passive magnetic bearings, to achieve this goal, seems promising.
So in the best case only one degree of freedom has to be controlled actively what saves costs for
required actors, sensors and power electronics. Moreover, passive permanent magnetic bearings
feature high reliability in case of power loss and failures. Disadvantageous proves the fact, that these
type of bearings require a precise design regarding their field of application. Based on the nearly
undamped system behavior, unbalances play a critical role. Different to active magnetic bearings no
damping can be induced and adjusted by control, which is one of the main reasons for the limited use
in commercial products. However, there are many ways to induce damping into such systems. To keep
the cost advantage of passive magnetic bearings, a solution for damping must be found which only
causes low additional costs. Using viscoelastic damping elements often failed in the past due to the
very complex modeling and the hardly available and reliable manufacturers data. Even if available,
the data is strongly influenced by the measurement process. As shown in this work, useful results can
only be obtained when the exact characteristics of the damping material is well known. Unfortunately
its determination is very time-consuming and an expensive task.

Moreover, a proper model of the rotordynamic behavior has to be derived to evaluate the occurring
deflections of the system parts. Thereby, the most important deflections, which has to be considered,
are the relative deflections in the PMB’s. Since the air gap between the outer rings and the inner rings
is limited, it has to be ensured, that any contact is prohibited. Thus, the generation of a proper all-over
system model is complex. As there are numerous parameters influencing the system performance,
the demand for an optimization is obvious. As is shown, the right configuration leads to very good
results according the stabilizability of unbalances. However, only the knowledge of the exact system
parameters guarantee a proper prediction of the dependent variables.
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Abstract: Research interests of compact magnetically levitated motors have been strongly increased in
development of durable and biocompatible mechanical circulatory support (MCS) devices for pediatric
heart disease patients. In this study, an ultra-compact axial gap type self-bearing motor with 5-degrees
of freedom (DOF) active control for use in pediatric MCS devices has been developed. The motor
consists of two identical motor stators and a centrifugal levitated rotor. This paper investigated a design
improvement of the magnetic circuit for the self-bearing motor undergoing development in order to
diminish energy input by enhancing magnetic suspension and rotation performances. Geometries of
the motor were refined based on numerical calculation and three-dimensional (3D) magnetic field
analysis. The modified motor can achieve higher suspension force and torque characteristics than
that of a previously developed prototype motor. Oscillation of the levitated rotor was significantly
suppressed by 5-DOF control over rotating speeds up to 7000 rpm with lower energy input, indicating
efficacy of the design refinement of the motor.

Keywords: axial gap; self-bearing motor; double stator structure; 5-degrees of freedom active control;
design refinement; ventricular assist device; pediatric

1. Introduction

Mechanical circulatory support (MCS) is widely used for heart disease therapy. However, clinically
available and implantable MCS devices are not applicable for pediatric patients, which have small body
surface area (BSA < 0.7 mm2) due to anatomical limitations [1,2]. Almost all pediatric patients have to
rely on using EXCOR pediatric ventricular assist device (VAD), which is a extracorporeal pulsatile
flow pump developed by Berlin Heart Inc. in Germany [3]. Pulsatile devices with diaphragm and
valve configurations potentially limit a device’s lifetime and have the risk of thrombosis. Currently,
there have been increasing research interests in pediatric heart treatment with implantable rotary MCS
devices specifically designed for pediatric circulatory support [4]. In 2010, MCS device development
for pediatric patients was supported as a national project named PumpKIN (Pump for kids, infants
and neonates) in the United States (US) [1,2,4]. A tiny rotary MCS device (Jarvik2015) for pediatric
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circulation is being developed by Jarvik Heart Inc. in the US [5–7]. However, the Jarvik device is
now facing technical difficulties such as deterioration of mechanical durability, blood clotting and
blood destruction, due to a mechanically contacting bearing to suspend a spinning rotor impeller.
Hence, the development of next-generation MCS devices that can completely levitate a rotating impeller
are in demand due to its high durability and better blood compatibility.

A magnetic suspension system is one of the strongest candidates to suspend the rotating impeller
without mechanical contact. The biggest advantages of maglev technology are its high-speed motor
drive, less heat generation due to no material wear, zero friction, less blood trauma, anti-thrombogenicity
and increased mechanical reliability. In one of the earliest studies, 5-DOF-controlled maglev motors
were developed [8,9]. The maglev system indicated high suspension stability, however, the device
needed to be bigger due to the larger number of actuators: two radial magnetic bearings and two axial
magnetic bearings. Miniaturization of the magnetic suspension system has a significant role in
success of pediatric MCS device development. Reduction of actively controlled positions is a general
strategy to miniaturize the magnetic suspension systems. For example, single DOF-controlled maglev
systems, which are utilizing passive stability using magnetic coupling force or repulsive PM magnetic
bearings to suspend the non-controlled DOF, were developed to achieve a simple structure and
compact device size [10–16]. However, a larger number of passively stabilized axes potentially causes
significant deterioration of suspension stability of the magnetic system. Hence, 2-degrees of freedom
(DOF)-controlled radial maglev motors and 3-DOF-controlled double stator axial maglev motors have
often been developed in blood pump applications [17–24]. These miniaturized maglev motors are
successfully applied to implantable and extracorporeal MCS devices for adult patients, whereas further
miniaturization of the maglev motors is required for use in rotary pediatric MCS devices. In extremely
small magnetic suspension systems, there is a limitation of passive stabilization in multiple axes because
the system cannot have sufficient capacity of passive stiffness and suspension force due to few spaces
to have enough permanent magnet volume and turn number of control windings. Hence, a technical
breakthrough is needed to achieve an ultra-compact magnetic system.

This study developed a compact pediatric MCS device with a novel self-bearing motor utilizing
a 5-DOF-control concept that was newly developed in our laboratory, and the developed device
demonstrated noncontact suspension and sufficient pump performance [25–28]. However, further
improvement of magnetic suspension stability is necessary to achieve higher mechanical reliability
and energy conservation system required for clinically applicable MCS devices. In this paper, design
improvement of magnetic circuit for the 5-DOF-controlled self-bearing motor was investigated to
enhance the magnetic suspension performance and energy efficiency by using theoretical calculation and
three-dimensional (3D) finite element method (FEM) analysis. Static force and torque characteristics [28],
dynamic suspension performance and energy consumption of the improved maglev motor with 5-DOF
control are evaluated.

2. Materials and Methods

2.1. 5-DOF-Controlled Self-Bearing Motor for Pediatric Ventricular Assist Device (VAD)

2.1.1. Over View of Maglev Pediatric VAD with 5-DOF-Controlled Self-Bearing Motor

The 5-DOF-controlled self-bearing motor is driven as an axial gap type surface permanent magnet
synchronous motor, which has 6-slot and 4-pole structure. Figure 1 shows a schematic of the self-bearing
motor which is consists of two identical motor stators and a levitated impeller. The levitated impeller
is axially suspended with the both stators. Integrated windings for suspension and rotation control are
wound on each stator tooth. A motor torque and a suspension force are produced with double stator
mechanism which can enhance motor torque and radial passive stability.

An axial position (z) and rotating speed (ωz) are actively regulated with a 4-pole control magnetic
field. Radial positions (x and y) and tilting angles (θx and θx) are actively regulated with a 2-pole
control magnetic field. 5-DOF of impeller postures are independently regulated by overlapping
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the different control magnetic fields in the magnetic gap [27]. A developed centrifugal blood pump
for pediatric patients can regulate flow rate from 0.5 to 2.5 L/min against head pressure of around
100 mmHg at rotating speeds of 4500–5500 rpm.

Figure 1. Structure of pediatric ventricular assist device with the axial gap type double stator 5-degrees
of freedom (5-DOF)-controlled self-bearing motor.

2.1.2. Characterization of Suspension Force and Torque

The motor produces axial suspension force and rotating torque with a single rotating magnetic
field based on vector control algorithm. An axial position (z) of the levitated impeller is actively
regulated by field strengthening and field weakening as shown in Figure 2. A rotating speed (ωz) of
the rotor is controlled by conventional q-axis current regulation. The axial suspension force and the
rotating torque are linearly produced with d-axis current id and q-axis current iq.

Fz = kFz(id − i′d) (1)

Tθz = kTθz
(
iq + i′q

)
(2)

Inclination angles (θx and θy) and radial positions (x and y) of the levitated rotor can be controlled
with p ± 2 pole algorithm. The control magnetic field can simultaneously produce an inclination torque
and a radial suspension force. Inclination torque around the y-axis and the radial suspension force in x
direction are produced with the double stator mechanism as shown in Figure 3. The magnitude and
the direction of the inclination torque and the radial suspension force can be linearly regulated with
respect to excitation current supplied to the top stator and the bottom stator as following equations.

Tθx/y = kTθx/y
(
itop + ibottom

)
(3)

Fx/y = kFx/y
(
itop − ibottom

)
(4)

Figure 2. Axial position control by utilizing field strengthening and field weakening.
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Figure 3. Inclination and radial position control with p ±2 pole rotating magnetic field.

2.2. Suspension Force and Torque Enhancement with Modified Magnetic Circuit of the Maglev Motor

2.2.1. Design Strategy of Suspension Performance Enhancement

The motor uses magnetic flux density produced by the permanent magnet as a main flux density
to produce the suspension force and the rotating torque. Enhancement of the permanent magnet
flux contributes to higher suspension force production. However, in miniaturized motor, there is
difficulty to have sufficiently large cross-sectional area of the magnetic flux path, and it has possibility
of deterioration of magnetic suspension force due to the magnetic saturation. Furthermore, excessively
increased negative stiffness due to the high magnetic intensity potentially deteriorate controllability
of the magnetic system. Hence, well design of the magnetic circuit which can keep a good balance
between magnetic flux density produced by the permanent magnet and electromagnet is required to
achieve sufficient magnetic suspension stability. In this study, design goal is to enhance the suspension
force produced by the electromagnet without change of non-excited axial attractive force for avoiding
instability caused due to the axial negative stiffness.

2.2.2. Design Refinement of Magnetic Circuit for the 5-DOF-Controlled Self-Bearing Motor to Enhance
the Suspension Force, the Motor Torque and Reduce the Energy Input

Design improvement of a magnetic circuit for the 5-DOF-controlled self-bearing motor was
performed based on following design strategy to enhance the magnetic suspension performance.
(1) Keeping device size such as the outer diameter of 22 mm, the total height of 33 mm and the total
volume of the previously developed prototype motor. (2) Maintaining the axial negative stiffness kz
within ±10% of that produced by the previously developed prototype motor. (3) Maximizing the force
coefficient in the axial direction ki defined as a slope of the suspension force to excitation current.

Geometries representatively characterizing the magnetic circuit of the self-bearing motor:
pole height lp, pole cross sectional area Ap, magnetic gap length lg and permanent magnet thickness
lm, were numerically designed with theoretical calculation and fixed by using 3-D FEM magnetic field
analysis as shown in Figure 4. Height and cross-sectional area of the stator pole were determined as
9.3 mm and 17.0 mm2 based on the theoretical calculation. These geometries can increase in a turn
numbers of coils and effectively maximize the force coefficient with slight change of the negative
stiffness and the non-excited force. Parametric study in the magnetic gap length and the PM thickness
were then performed. Variable parameters of the magnetic gap length of 1.3–1.7 mm and the PM
thickness of 0.8–1.2 mm were chosen considering fabrication. Each combination of the magnetic gap
length and PM thickness were simulated, and the non-excited axial negative stiffness kz and the
force coefficient ki were estimated. A suspension index is defined as ratio of the force coefficient to
the negative stiffness, which indicates rotor displacement with respect to excitation current of 1 A.
The geometry which can achieve the biggest suspension index and satisfy the above design strategy
was chosen as optimal design of the motor, which achieves well suspension performance with lower
energy input.
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Figure 4. Variable geometries of magnetic circuit for the self-bearing motor in design improvement
using 3-D finite element method (FEM) magnetic field simulation.

The numerically estimated force coefficient and non-excited attractive force of the self-bearing
motor with different geometries in the magnetic gap length and the PM thickness are shown in Figure 5.
The suspension index in each motor geometry is listed in Table 1. Red and yellow colored cells indicate
satisfying design requirements in the negative stiffness and the force coefficient. The optimal geometry
in the FEM simulation to maximize the force coefficient (ki < 1.2 N/A) and maintain the axial negative
stiffness (15.2 N/mm < kz < 18.6 N/mm) is the shortest magnetic gap length of 1.3 mm and the thinnest
PM of 0.8 mm as shown in red colored cell in Table 1. The force coefficient and the negative stiffness
of the optimally designed motor are 2.0 N/A and 17.1 N/mm. Deterioration of the magnetic flux
density with reduction of the PM thickness can be compensated by reducing the magnetic gap length.
The shorter magnetic gap length and the thinner PM thickness can reduce magnetic resistance for
the electromagnet and effectively enhance the magnetic suspension force production with excitation
current. The geometries of the previously developed prototype motor and the improved motor with
the final design are summarized in Table 2.

  
(a) Force coefficient (b) Axial negative stiffnesse 

Figure 5. Force coefficient and negative stiffness of the motor with different magnetic gap length and
permanent magnet thickness.

Table 1. Estimated results of suspension index with different permanent magnet thickness and magnetic
gap length.

Magnetic Gap Length
[mm]

Permanent Magnet Thickness [mm]

0.8 0.9 1.0 1.1 1.2

1.3 0.119 0.111 0.104 0.099 0.092
1.4 0.130 0.120 0.114 0.108 0.101
1.5 0.139 0.130 0.122 0.116 0.110
1.6 0.152 0.139 0.132 0.125 0.119

1.7 0.161 0.149 0.141 0.133 0.127
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Table 2. Motor geometries of the prototype motor and the improved motor.

Geometric Parameters Prototype Motor Improved Motor

Stator/rotor inner diameter [mm] 16 16
Stator/rotor outer diameter [mm] 22 22
Single stator height (total) [mm] 11.3 11.3

Stator teeth height [mm] 7.3 9.3
Stator back iron height [mm] 4 2
Magnetic gap length [mm] 1.5 1.3

Rotor back iron thickness [mm] 2 2
Permanent magnet thickness [mm] 1 0.8
Number of coil turns for each teeth 66 105

2.3. Developed System of 5-DOF-Controlled Maglev Motor with Modified Magnetic Circuit

2.3.1. Fabrication of 5-DOF-Controlled Maglev Motor

A 5-DOF-controlled self-bearing motor for pediatric VAD shown in Figure 6 was developed
referring to motor geometries determined by using 3D FEM magnetic field analysis. The outer diameter
and the total height are 22 mm and 33 mm. The length of magnetic gap of the developed motor is set to
1.3 mm. The material used for magnetic core of the motor stator and the rotor back iron is soft magnetic
iron (SUY-1). The permanent magnets of 0.8 mm thickness are made of Nd- Fe-B, that has coercivity
and residual flux density of 907 kA/m and 1.36 T, respectively. Concentrated cupper windings of
105 turns are wound on each stator tooth. Pump clearance between the pump casing and levitated
rotor in the axial and radial direction are 0.3 mm and 0.5 mm.

 

Figure 6. Developed 5-DOF-controlled maglev motor with modified magnetic circuit. Pump casing
with sensor holder, motor stator and rotor with permanent magnets.

2.3.2. Control System for Magnetic Levitation and Rotation with Digital PID Controllers

Digital PID controllers are implemented on a microprocessor board MicrolabBox (dSPACE GmbH,
Paderborn Germany) with MATLAB/Simlink for 5-DOF active control. Figure 7 shows a schematic
diagram of a 5-DOF control system. An axial position and inclination angles around the x and y
axes of the levitated rotor are measured by three eddy current sensors (PU-03A, Applied Electronics
Corporation). Radial positions of the levitated rotor in x and y direction are measured with other
two eddy current sensors. A rotating angle of the levitated rotor is determined by outputs of three
Hall effect sensors (Asahi KASEI Corporation) with a sensitivity of a 30-degree electrical angle.
The rotating speed is calculated by time derivative of the rotating angle. Required current to produce
the control magnetic flux density integrating three phase two-pole field and three-phase four-pole field
synchronized with rotating PM field is calculated with PID controllers and is independently supplied
to each coil by power amplifier (PA12A, Apex Microtechnology Corporation). Sampling and control
frequency is 10 kHz. Control gains of the digital PID controllers for magnetic suspension and rotation
were determined based on the previously measured motor suspension force and torque characteristics,
and then, manually tuned in dynamic performance evaluation.
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Figure 7. Schematic diagram of control system for 5-DOF-controlled maglev motor with position
sensor, PID controller implemented in the microprocessor and power amplifier.

A block diagram for axial position and rotation control, inclination angle and radial position
control are shown in Figures 8 and 9, respectively. Positive and negative d-axis current are determined
by a PID feedback loop to produce an axial suspension force. q-axis current of both stators is regulated
with a PI feedback loop for a conventional rotating speed control. Required current for inclination
angle and radial position control are calculated by the other four PID feedback loops to determine
amplitude and phase angle of two-pole rotating magnetic field produced by the top and bottom stators.
PID gains for the position control and PI gains for the rotating speed control were set using a limit
sensitivity method, and then manually tuned as shown in Table 3. Control gains of PID/PI controller of
the previously developed prototype motor are also listed in Table 3.
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Figure 8. Block diagram of feedback loop for the axial position and the rotating speed regulation with
d-q current regulation.
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Table 3. Control gains for impeller positioning and rotating speed regulation.

Controlled Axis Axial Position Radial Position Inclination Angle Rotating Speed

Prototype motor

p 13 1.5 3.5 0.0005
[A/mm] [A/mm] [A/deg] [A/rpm]

I
0.08 0 0.07 0.0018

[A/mm sec] [A/mm sec] [A/deg sec] [A/rpm sec]

D
0.01 0.002 0.0015 -

[A sec/mm] [A sec/mm] [A sec/deg]

Improved motor

P
10 1.5 1.5 0.0005

[A/mm] [A/mm] [A/deg] [A/rpm]

I
0.05 0 0.004 0.0018

[A/mm sec] [A/mm sec] [A/deg sec] [A/rpm sec]

D
0.007 0.002 0.001 -

[A sec/mm] [A sec/mm] [A sec/deg]

2.4. Magnetic Suspension Performance Evaluation of the Newly Developed Maglev Motor

2.4.1. Magnetic Flux Distribution Measurement and Static Magnetic Suspension Force and Torque
Characteristics Measurement

Magnetic flux distribution produced by the rotor permanent magnets in the magnetic gap was
measured without excitation. Four/two pole magnetic flux density produced by the electromagnet at
excitation current of 1 A were then measured without the rotor permanent magnets. After that, static
magnetic suspension force and torque characteristics: an axial negative stiffness kz, a radial stiffness kr,
and suspension force of the designed motor was evaluated at excitation current of 1 A and magnetic
gap length of 1.3 mm. The axial and radial suspension force were measured with load cell, and the
inclination torque was calculated as a product of the measured force and rotor radius.

2.4.2. Dynamic Characteristics of Developed 5-DOF-controlled Maglev Motor

The rotor was magnetically levitated in water medium with 5-DOF control. The water flow was shut
off by closed outlet port of the centrifugal pump to evaluate basic magnetic suspension characteristics
by minimizing hydraulic force disturbance. Magnetic suspension performance with respect to increase
in the rotating speed of the rotor was evaluated. The rotating speed was increased from 1000 rpm to
7000 rpm. Oscillation amplitude in axial direction and radial direction, maximum inclination angle
around x and y axes, and power consumption of the motor during magnetic levitation and rotation
were evaluated. The maximum oscillation amplitude was defined as half of the peak-to-peak value of
rotor vibration.

3. Results

The measured magnetic flux density is shown in Figure 10. The magnetic flux density produced
by the rotor permanent magnets did not significant difference between the prototype motor and the
improved motor. In contrast, the magnetic flux density produced by the electromagnet of the improved
motor significantly increased. The peak of the four/two pole magnetic flux density produced by the
improved motor increased by 61% and 76% compare to the prototype motor.

Static suspension characteristics: stiffness, suspension force and torque, of the developed maglev
motor which has the modified magnetic circuit and the previously developed maglev motor are shown
together in Figure 11. The axial negative stiffness of the improved motor decreased by 17%, however,
the radial stiffness was not significantly changed. The deterioration of the radial passive stability
did not occur. The axial suspension force increased by 50 %, and the radial suspension force slightly
decreased. Both the inclination torque and the rotating torque increased by 84% and 34%, respectively.
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(a) Rotor magnetic flux density

(b) Four pole stator magnetic flux density (c) Two pole stator magnetic flux density

Figure 10. Magnetic flux density distribution in the magnetic gap. (a) Four pole magnetic flux density
produced by the rotor magnet. (b) Four pole magnetic flux density for the axial position and the
rotation control. (c) Two pole magnetic flux density for the radial position and the inclination control.

 
(a) Axial negative stiffness (b) Radial stiffness 

 
(c) Axial suspension force (d) Radial suspension force 

 
(e) Inclination torque (f) Rotating torque 

Figure 11. Static suspension characteristics of the developed maglev motor. (a,b) Axial and radial
stiffness. (c,d) Magnetic suspension force in axial and radial direction at excitation current of 1 A.
(e,f) Torque characteristics at excitation current of 1A.
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The improved motor successfully achieves non-contact levitation and rotation up to the rotating
speed of 7000 rpm. The maximum axial and radial oscillation amplitude and the maximum inclination
angle around x and y axes with respect to the increase in the rotating speed of the levitated rotor are
shown in Figures 12–14. In the lower speed range of 1000–3000 rpm, the oscillation amplitude of the
levitated rotor was slightly increased in the prototype motor. In contrast, the oscillation amplitude
in axial and radial direction, and the inclination angle of the improved motor were significantly
suppressed around 20 μm, 100 μm and 0.4 degrees over every operational speed by enhancement
of the suspension characteristics. The power consumption of the developed motor during magnetic
levitation and rotation was shown in Figure 15, and it was in the range of 1–6 W at the rotating speeds
of 1000–7000 rpm.

 
Figure 12. Maximum oscillation amplitude of the levitated rotor in axial direction with respect to
increase in the rotating speed.

 
Figure 13. Maximum oscillation amplitude of the levitated rotor in radial direction with respect to
increase in the rotating speed.

 
Figure 14. Maximum inclination angle of the levitated and rotated rotor around x and y axes with
respect to increase in the rotating speed.
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Figure 15. Power consumption of the developed maglev motor with respect to the increase in the
rotating speed.

4. Discussion

Impeller suspension technique using magnetic suspension much contributes to enhance device
durability and blood compatibility of the rotary MCS devices. In an ultra-compact maglev motor,
optimization of the magnetic circuit for suspension system plays a significant role in the next generation
rotary pediatric VADs development.

The lower negative stiffness of the magnetic system can be effective to reduce the suspension
index, whereas the decreased stiffness will cause the deterioration of the passive stability in rotor radial
direction and the motor torque. The negative stiffness was strategically adjusted to be maintained
by keeping peak level of the magnetic flux density produced by the rotor permanent magnets in
order to avoid the motor deterioration above mentioned in this study. Decrease in the pole surface
area, magnetic gap length and permanent magnet thickness successfully played a significant role in
enhancement of the magnetic flux density produced by the electromagnet due to increase in the turn
numbers of coils and reduction of the magnetic resistance of the magnetic circuit. Magnetic saturation
in the rotor iron could not be occurred because the magnetic flux density ratio of the improved motor
and the prototype motor almost uniform in arbitrary angle in the air-gap.

The developed maglev motor successfully achieves the much higher suspension force coefficient
ki maintaining the negative stiffness kz in the axial suspension characteristics. The suspension
index of ki/kz = 0.47 mm/A is significantly higher than that of the previously developed motor
(ki/kz = 0.27 mm/A). The axial negative stiffness was lower than estimated result. One of the causes of
the above may have been deteriorated permanent magnet flux caused by reduced magnet volume due
to coating thickness. Although the radial suspension characteristics slightly decreased, the deterioration
of the total magnetic suspension performance will not occur because the magnitude of the radial
suspension force is absolutely small. Even the radial suspension force produced by the newly developed
motor is much effective to suppress the resonance and disturbance. The grossly increased inclination
torque and the rotating torque due to the increase in the control magnetic flux density will contribute
to achieve better suspension stability and low energy consumption.

The axial and radial oscillation amplitude and the inclination angle of the levitated rotor were small
enough for rotary blood pump operation to prevent blood trauma. The improved motor demonstrated
better magnetic suspension performance with the lower PID control gains than that of the previously
developed prototype motor, that is indicating efficacy of the magnetic circuit design refinement to
achieve higher mechanical reliability and lower energy input. First, resonance around 50 Hz, which is
calculated from the measured radial stiffness and mass of the rotor implies that the resonance will
not influence actual pump operation due to lower frequency than the operational frequency of the
pediatric pump. The oscillation of the impeller was well suppressed, and resonance peak was not
found at any rotating speed. Safeness against the resonance was experimentally verified. Frequency
response measurement in all actively controlled axes should be required to investigate advanced
dynamic characteristics as a next step.
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The power consumption at the operating speed range (4000–5500 rpm) of the pediatric VAD was
2.4–4.9 W. The improved motor with modified magnetic circuit achieved more than 50% reduction of
the power consumption compare with that of the previously developed motor. The decreased power
consumption should be small enough for pediatric pump operation. The input power increased as
increase in the rotating speed. This is due to increase in the copper loss caused by increased suspension
current at higher speed rotation and the iron loss. Material change of the stator magnetic core will
effectively reduce power consumption at higher rotating speed. In actual pump operation, required
rotating torque increases to produce hydraulic output. In contrast, power consumption for suspension
may become smaller due to reduced rotor oscillation by higher viscus damping of blood. The blood
is filled in the pump cavity, however, magnetic properties of the blood do not affect to the magnetic
performance of the self-bearing motor. Total energy input will be evaluated during circulation in future.

5. Conclusions

The ultra-compact 5-DOF-controlled self-bearing motor has been developed for pediatric MCS
devices. Shortened magnetic gap and PM thickness effectively increased the control magnetic flux
density due to the reduction of magnetic resistance maintaining PM magnetic flux density. In addition,
increase in the turn number of the control windings almost double also played a significant role
in enhancement of the control flux density production. As a result, the static magnetic suspension
characteristics were successfully increased by up to 34–84% by refining the magnetic circuit of the
motor. The dynamic magnetic suspension performance and further stable magnetic suspension with
high speed rotation is successfully indicated due to the improved force and torque capacity with respect
to the excitation current. Energy input was drastically reduced by less than half (1–5 W) because of the
reduction of copper loss with low input current. The results indicate the efficacy of the magnetic circuit
refinement of the proposed 5-DOF-controlled self-bearing motor. As a next step, dynamic suspension
characteristics during pumping in actual circulation condition and pump performance of pediatric
rotary VAD will be investigated.
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Abstract: Magnetic springs are a fatigue-free alternative to mechanical springs that could enable
compliant actuation concepts in highly dynamic industrial applications. The goals of this article are:
(1) to develop and validate a methodology for the optimal design of a magnetic spring and (2) to
benchmark the magnetic springs at the component level against conventional solutions, namely,
mechanical springs and highly dynamic servo motors. We present an extensive exploration of the
magnetic spring design space both with respect to topology and geometry sizing, using a 2D finite
element magnetostatics software combined with a multi-objective genetic algorithm, as a part of a
MagOpt design environment. The resulting Pareto-optima are used for benchmarking rotational
magnetic springs back-to-back with classical industrial solutions. The design methodology has
been extensively validated using a combination of one physical prototype and multiple virtual
designs. The findings show that magnetic springs possess an energy density 50% higher than that of
state-of-the-art reported mechanical springs for the gigacycle regime and accordingly a torque density
significantly higher than that of state-of-the-practice permanently magnetic synchronous motors.

Keywords: magnetic spring; optimal design; component benchmarking; compliant actuation; parallel
elastic actuators (PEA); series elastic actuators (SEA)

1. Introduction

The principles of elastic actuation, first introduced by Alexander et al. [1], whether in series [2]
or in parallel [3] elastic actuators have been consistently proven to improve actuator performance
in service robotics. These systems rely on the high torque and force density of mechanical springs
to reduce peak power requirements and to improve the actuator’s energy efficiency. For example,
in work done by Mettin et al. [4], the energy consumption is reduced by 55%. The goal of this paper
is to offer a robust spring solution, in the form of magnetic springs, that can extend the use of elastic
actuation from service robotics to widespread industrial robots but also a much broader family of
highly dynamic industrial motion systems.

A mechanical spring stores energy as the potential energy of elastic deformation. Spring design
for highly dynamic loads in industrial use is typically limited by the long lifetime requirements
and often leads to suboptimal designs for the purposes of elastic actuation. Conventionally, it was
considered that for some metals there is a stress level called the fatigue limit, that can be sustained
with an infinite lifetime [5]. Nowadays, this value is still often used in the design together with the
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stochastic design methods. However, the existence of a fatigue limit has been disputed even in the lab
environment due to inclusions in the crystal lattice [6] of steel. Local stresses can lead to fatigue in
any kind of metallic springs [5–8] and industrial environments impose additional risks (i.e., corrosive
environment, temperature variations, mechanical handling, manufacturing limitations etc.). Often,
high safety factors are employed to guarantee a robust design for a full product line, leading to heavy
springs with high inertia.

Although the functionality of the magnetic spring (Figure 1) can be compared to that of a
mechanical spring, the underlying physical principles are utterly different. Magnetic springs store
potential energy in the magnetic field of permanent magnets (PM), where no fatigue failure mechanism
is involved and thus have a virtually infinite lifetime [9], assuming the device is properly designed.
This allows the use of compliant actuation concepts [10] in highly dynamic industrial applications
with stringent lifetime demands.

  
(a) (b) 

Figure 1. Conceptual drawing of (a) a rotational motion (torsional) magnetic spring and (b) linear
motion (translational) and figure indicating torque and force generated due to the displacement.

With elastic actuators, it is possible to deliver more mechanically reactive power to the system,
under the assumption of a higher torque density of springs compared to motors. Considering the
evident benefit of using mechanical springs in service robotics in improving dynamic behavior, it is
necessary to prove that magnetic springs have the same or higher energy density than conventional
solutions with mechanical springs, in order to showcase their potential for the design of industrial
motion systems.

Some of the target applications are torque oscillation, compensation in continuous rotation
in internal combustion engines and windmills, reciprocating and intermittent motion in weaving
looms [11], fast switching valves [12] (valvetrains in internal combustion engines), reciprocating
pumps and compressors [13] and other tools and machines with a highly dynamic reciprocating
motion. Additionally, magnetic springs have been reported for use in vibration reduction and vibration
isolation [14] as well as for static load compensation [15]. It is worth mentioning that magnetic springs
are topologically identical to passive magnetic bearings (PMB) and magnetic clutches. The main
difference is the magnetic load point of the permanent magnets: in a magnetic spring the magnets are
loaded over the entire B-H curve in each loading cycle, while for PMB and clutches the operating point
remains constant for a constant mechanical load.

Unlike the previous efforts on the topic, where effort was focused on a specific use, this paper
studies the optimal design of a magnetic spring in more detail and demonstrates systematically the
impact of a magnetic spring on the performance of highly dynamic industrial actuators. This article is
based on conference paper [16] where the optimal component design methodology was presented.
That methodology was extended with a more elaborate, reproducible validation campaign including
dynamic validation data, and multiple virtual optimal design points in requirement space. Additionally,
for the purposes of benchmarking, more stress was put on the experimental validation and virtual
validation using models of differing complexity. For the same reason, the mechanical and magnetic
spring, including temperature effects on both the magnetic and mechanical springs, is considered.
The closed form magnetic spring scaling model with model limitations is presented, as opposed to
the intuitive yet incomplete model in the conference paper, making the experimental validation fully
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reproducible. Finally, in the discussion section, there is a significant amount of new benchmarking
data for torque density comparison of magnetic springs and permanent magnet synchronous motors
(PMSM). In addition, the exact data points and the designs will be made available via a link or in
the addendum.

2. Materials and Methods

Within this article, the focus is primarily on the component design cycle but we will also present
its complementarity with the system design cycle (Figure 2). The main subject of this study is rotational
magnetic springs, although some of the considerations regarding energy density can also be translated
to linear magnetic springs. Regarding the environment where the magnetic springs can be used, we
consider that due to the limitations of permanent magnetic materials, environments where PMSM can
operate are considered to be suitable for magnetic springs.

 
Figure 2. The co-dependent nature of the system design and component design cycles through linked
modelling approaches.

Although the FE model of a detailed design geometry is an indispensable tool for component
design, in system optimization the computational cost of finite elements (FE) can be prohibitively
expensive. On the other hand, a scalable 1D dynamic model of a magnetic spring is the ideal model
for the sizing of different drivetrain components and system optimization. Therefore, we define a 1D
scalable model based on first principles, where cost and inertia of a magnetic spring are calculated
directly from required reactive energy. This model can be iteratively updated based on the FE model
results, as a result of the virtual validation where a 1D model is compared to optimal component
designs coming from component optimization design.

A standard way to compare energy-storing devices is a Ragone chart [17]. It typically shows the
tradeoff between energy density and power density, i.e., some energy storage components should be
used when a high energy density is required (e.g., Li-ion batteries) and others when high instantaneous
power is required (supercapacitors, flywheels). The bottleneck of such a static approach when it
comes to highly dynamic drivetrains is the disregard for lifetime and system dynamics. In the highly
dynamic applications targeted within this study, the mechanical power delivered to the system is
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significantly limited by the torque density of the actuator i.e., the ratio of torque limitation and inertia
of the said actuator.

Therefore, it is necessary to know the inertia of the spring alongside the torque characteristics.
Phenomenologically we can analyze the energy density of a spring. For elastic springs this will be the
surface under the stress-strain curve (for the linear elastic model where the relation of stress and strain
is linearly described by Young’s modulus). Equivalently, for an idealized magnetic spring, the energy
density is equivalent to the surface under the BH curve (Figure 3), which can be calculated as

Emax =

0∫
Hc

B(H)dH ≈ 2BHmax (1)

where B is the magnetic flux density and H is magnetic field strength.

Figure 3. The potential energy of springs; permanent magnet energy density calculated from B-H
characteristic is a measure of the maximum theoretical energy density of a magnetic spring.

Two assumptions about the magnetic spring have to be made in order to create a 1D scalable model.
First of all, equal distribution of magnets between stator and rotor, resulting in perfect canceling of the
magnetic field in the magnets in the case where maximum potential energy is stored within the magnet.
Secondly, a fixed form factor of the rotor, following the 1st assumption and optimal rotor diameter
achieved from FE simulation. It is important to note that variation of a permanent magnetic energy
density of 30.79% for a 100 ◦C difference can result in a significant stiffness variation with temperature,
while mechanical springs will normally have less than 5% [18] for the same region. Keep in mind that
the magnetic springs are not expected to generate significant heat, yet, for an expected environmental
variation of ±20 ◦C, the magnetic spring will have a variation of ±5%. Although the SmCo material
has a higher Curie temperature and can allow for a slightly higher operational temperature, this large
stiffness variation and the possibility of demagnetization limits the magnetic spring from operating in
a high-temperature environment where mechanical springs face less severe limitations.

Furthermore, realistic designs of a magnetic spring will always have a lower energy density
than the maximum theoretical limit, due to effects like fringing and flux leakage. Therefore, we can
define the design efficiency as an energy density ratio of a realistic magnetic spring and an ideal
magnetic spring

ηmat =
EFE
Emax

(2)

and use it for 1D model correction based on FE results.
For the realistic embodiment of the magnetic spring concept, there is a range of feasible variants,

both continuous (geometry sizing) and discrete (topological). By permutation of the discrete variants
such as the PM materials in Table 1, or rotor and stator topologies shown in Figure 4, we can generate
a number of topologies (Table 2), of which a number can be pruned out early in the design.
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Table 1. Overview of considered permanent magnet materials.

Grade N33H 1 N42H 1 S32H 2 Pi-95HR 3

Energy density (kJ/m3) 521 673 510 173
BHmax (kJ/m3) 263 334 255 85

Max temperature (◦C) 120 120 350 125
1 sintered Neodymium Iron Boron (NdFeB); 2 sintered Samarium Cobalt (SmCo), both anistropic material with
limited magnetization; 3 plasto bonded NdFeB, isotropic material with free magnetization.

   
(a) (b) (c) 

   
(d) (e) (f) 

Figure 4. Overview of parametrized PM rotor topologies used in design optimization; (a) arc surface
mounted magnets; (b) rectangular surface mounted magnets; (c) ring magnet—special case of arc
surface mounted magnet; (d) buried arc magnets; (e) buried rectangular magnets; (f) internal magnets.

Table 2. Overview of evaluated topological choices.

Property Variant

PM material Isotropic, anisotropic temperature grade
Magnetization Straight-diametrical, radial, tangential, Halbach
Magnetic array Quasi-Halbach, multipole, over-segmented pole
Segment shape Arc-segment, rectangular, bread loaf

Mounting method Surface, buried, internal

For instance, surface mounted topologies are most suitable for achieving high torque density, and
so are high energy density PM materials. However, in the case of PM materials, sintered NdFeB offer
only limited magnetizations and are, as such, limiting in design options. The possibility to have more
varied and better-suited magnetization is also why bonded rare-earth magnet solutions were studied.
Of the listed topologies, the most promising were optimized and studied in more detail using MagOpt
software [19].

When setting up the design specifications, it important to note that magnetic spring will not
necessarily have a linear characteristic. In fact, except for small strokes around equilibrium positions,
it is more likely to produce a quasi-sinusoidal characteristic. The above mentioned linear region can be
extended by specific geometries of the magnet and back-iron. However, it has been noted that this
can lead to lower design efficiency. Additionally, it is not a given fact that a linear characteristic is the
most suitable solution for a given application case. An example of utilizing nonlinear spring can be
found in Reference [20] where stable and unstable equilibria of magnetic spring can be used instead of
a locking mechanism. Under this consideration, we need an alternative to spring stiffness to translate
the system design specifications into component design specifications.
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Specifying stroke and potential energy of a spring is adequate since it does not over-constrain
the optimization problem by imposing a desired torque characteristic. The magnetic spring potential
energy can be evaluated from torque characteristic and stroke as

E =

θ2∫
θ1

T(θ)dθ. (3)

In order to evaluate each design variant, a 2D magnetostatics model of the geometry is calculated
(Figure 5), for a range of θ sufficient to capture the desired rotational orders. Normally, odd higher
orders, (3rd and 5th harmonic) are present for symmetric sine distortion. Therefore, in this analysis
anywhere from 11 up to 21 θ points were used for a single design evaluation, with the lower numbers
proven to be sufficient. For long rotors with the aspect ratio of length to diameter of more than two, the
2D approach should be sufficient, as cap effects can be disregarded. For disc geometries, on the other
hand, it is necessary to use a 3D FEM. Since we are interested in high bandwidth actuators, it makes
sense to focus on low inertia, long shaft solutions.

  
(a) (b) 

Figure 5. Overview of parametrized PM rotor topologies used in design optimization with surface
mounted topologies a–c being most suitable for high torque density; (a) anti-aligned magnets resulting
in unstable equilibrium with maximum energy stored in PM; (b) aligned magnets resulting in stable
equilibrium; no energy stored in PM.

For each FEM evaluation, a list of metrics of interest can be calculated, either by pre-processing
the specifications and the geometry or by post-processing the FEM solution. The considered design
metrics are:

• Torque characteristic

� Stored energy
� Stroke
� Higher harmonic content (Fourier decomposition/THD)

• Inertia
• Bulk material cost
• Demagnetization

The main objective of the design is to make a spring that fits the described energy and stroke
specifications while minimizing inertia and cost. Within this article, the discussed cost of magnetic
spring is merely the bulk material cost and is as such most useful for comparing different topological
variations of magnetic springs, but also to get a first, rough idea of the magnetic spring cost in an
industrial motion system. Although, in the latter case, other cost components, such as development,
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manufacturing and installation costs should be considered. All of these factors are heavily influenced by
the volume of production and other economic factors. The cost comparison of different magnetic spring
topological variations is considered valid, under the assumption that all of the considered sintered
magnet geometries use the same manufacturing technology, especially with respect to magnetization
i.e., only straight or diametrical magnetizations are considered. For a thorough design optimization,
the MagOpt package [19] was used together with an opensource 2D FE solver for magnetostatic
problems [21]. Other listed metrics were monitored for reasons of design safety (demagnetization)
and possible unwanted dynamic effects (higher harmonic content). So far, loss models have not been
considered, assuming that the efficiency of a magnetic spring is very high compared to a servo-drive
since ohmic losses and the drive losses are completely avoided [22] in magnetic springs.

In order to validate the above described modeling approach, a prototype of a magnetic spring
has been built (Figure 6). A magnetic spring consists of two diametrically magnetized ring NdFeB,
N42H magnets, one on the stator and one on the rotor, with soft magnetic back iron to prevent flux
leakage. For testing modularity, the spring has a built-in deep groove ball bearing. The bearing adds
to the losses in the magnetic spring, which should be avoided in future designs, with a higher level of
spring integration into the existing drivetrain.

 

Figure 6. Explosion view of the prototyped magnetic spring design.

Experimental validation of the following modeling approach was conducted with a test rig,
in Figure 7, that consists of a position controlled PMSM motor (1), driving an inertial wheel (3) with
the assistance of spring (4). The torque sensors (2) are installed between the motor and the spring,
and spring and the flywheel, using bellow couplings to avoid alignment issues or over-constrained
rotation axes. Both dynamic and static experiments were conducted using the same setup. Note that
here below couplings are adding serious elasticity in the system between the PMSM rotor and magnetic
spring rotor but also the magnetic spring rotor and flywheel. This stiffness of the below couplings
is, however, several orders of magnitude higher than that of the used magnetic spring and as such is
not relevant for primary dynamics due to the reciprocating motion. For monitoring of power flows,
the sensors (encoders and torque sensors), described in Table 3, are used together with fully observable
controller inputs.

 

Figure 7. Experimental test rig consisting of a (1) position controlled PMSM, (2) torque sensors,
(3) flywheel—load and the developed prototype of a magnetic spring (4).

97



Actuators 2019, 8, 18

Table 3. Experimental setup sensor specifications.

Location Sensor Type Range/Resolution

Motor −1 Integrated encoder motor 8192 pulse/rev
Flywheel −3

Spring −4 2× high accuracy optical encoder 327,680 pulse/rev
(14 bit with 40× interpolation)

Torque Sensors −2 Dynamic Torque Sensor ±100 Nm/±10 V

3. Results

3.1. Component Design Experimental Validation

The measurement results (Figure 8) show a good qualitative and quantitative fit of the static
measurement and a good qualitative fit with respect to the low loss hypothesis. In Figure 8a, a slight
skewing of the sinusoidal curve is visible. This phenomenon is related to the eccentricity of the
magnetic center of design and the mechanical rotation axis due to the manufacturing tolerances and it
can be captured in static stiffness modelled as a skewed sine due with single order eccentricity

Tst(θ) = A sin (
2πθ

T
+ ΔT sin

θ

N
) (4)

where Tst is the static torque of the magnetic spring as a function of angle θ. A is the torque amplitude
in Nm. T is the period of the spring torque characteristic in radians, and depends on the pole pair
number of the magnetic spring. ΔT, in radians, represents the skewing of the characteristic.

(a) 

(b) 

Figure 8. Component validation (a) static measurement of magnetic spring torque characteristic
(b) dynamic measurement for identification of spring inertia and losses.
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More complex aberration of the center of rotation can be captured with more addends in the sine
argument, written as a Fourier decomposition, although, the most common issue of static alignment
of mechanical and magnetic rotational axes results in a synchronous rotational order where N = 1.
In Table 4, the identified parameters show that, apart from skewing, the peak torque value has less
than 1% error compared to the FE model.

Table 4. Component design validation results.

Parameter Measured/Estimated Std. Error Modeled Value

Inertia (kgm2) 0.000420772 4.91751 × 10−6 0.00042 1

Viscous friction coefficient (Nms/rad) 0.00195418 3.28588 × 10−4 0.05 2

Coulomb friction torque (Nm) 0.126057 0.0156386 0.432 3

Torque Amplitude (Nm) 27.284 0.00757431 27.5
Skewing (rad) 0.132752 5.30995 × 10−4 0

1 CAD drawing of spring prototype; 2 based on bearing lubricant viscosity; 3 based on sliding torque; both from
SKF model for W 61902-2Z bearing under C load.

For dynamic component identification (Figure 8b), torque and position measurements are filtered
using 4th order 0-phase low pass filters with cutoff frequency at 200 Hz. The model parameters are
fitted using Opti toolbox [Opti] non-linear least squares. The model of the simple magnetic spring in a
direct dynamic form can be written as

Tdyn = Tst(θ)− J
..
θ − cv

.
θ − TC

( .
θ
)

, (5)

where TC, is dynamic Coulomb friction with hysteresis effect. The principal intrinsic losses of
the magnetic spring are expected to be caused by the velocity proportional eddy currents in the
permanent magnets. This way these can be set apart from the bearing friction that is dominated by a
sliding and rolling friction that is constant above a certain speed (breakaway torque) and modeled
as TC. Additionally, viscous friction due to the lubricant viscosity, also contributes to bearing losses.
The results of the dynamic parameter identification show that the losses are primarily dominated by
the bearing friction TC. Moreover, the speed proportional component is lower than the anticipated
lubrication viscosity, proposed by the a priori bearing model [23]. Therefore, based on this experiment,
it is impossible to discern between bearing losses and intrinsic magnetic spring losses. Nevertheless, a
clear conclusion is that magnetic spring losses are negligible compared to the other energy sinks in the
highly dynamic drivetrain.

The magnetic spring assisted drivetrain shown in Figure 7 can be operated between the unstable
equilibria, similar to a parallel elastic actuator with a locking mechanism [3] or an inverted pendulum.
The system is operating as follows (Figure 9). At t = −0 s, the load is held in a stable equilibrium.
Initially, an FF torque pulse is applied together with a negative damping controller in order to excite
the natural resonance of the system (phase 1. Start-up). Due to the negative damping, the load is slowly
brought in the neighborhood of the unstable equilibrium where a stable PID controller is switched on
in order to hold the load in position with 0-torque control (phase 2. 0-torque wait).

Once a reciprocating motion is required, the controller starts to operate in a catch-release fashion
with a small FF torque pulse initiating the motion and pushing the load towards the next unstable
equilibrium. Due to the magnetic spring torque, the load is accelerated until reaching the middle
point, where the spring starts to decelerate it. Upon reaching the surroundings of the next unstable
equilibrium, the motor is activated again, with a feedback controller, in order to stabilize the load in
the endpoint. In this fashion, the motor is delivering only the bare minimum of the required torque.

The same motor operating without a magnetic spring while driving the same load (Figure 9),
requires a peak torque of 25 Nm while in case of the magnetic spring assisted setup it is only 8 Nm.
Therefore, the required peak torque is approximately three times lower in a case where a magnetic
spring is used. The significant reduction can also be observed in energy consumption per cycle of
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reciprocating motion. The energy required for operation of magnetic spring assisted drivetrain is
reduced from 29.07 J per cycle to 5.05 J per cycle, signifying an almost six-fold energy reduction. Here,
the energy consumption is calculated as a sum of the measured mechanical power (torque sensors,
encoders) at the motor output shaft and the ohmic losses calculated from the torque reference and
motor datasheet parameters (phase resistance and torque constant).

It is visible that initially, during the start-up, the energy required to initialize the spring assisted
setup is higher. This is, however, not a serious downside of the spring assisted actuator, considering
that in the industrial application cases the drivetrain is only seldomly initiated, before long hours
of operation, making the start-up energy consumption a negligible segment of the total energy
consumption. For this reason, and for the convenience of tracking the energy consumption during the
operational behavior (Figure 9, phase 3, reciprocating motion) the plotted energy is reset in the middle
of the experiment (Figure 9, Phase 2, 0-torque wait. Alternatively, it is also possible to run the spring
assisted system at a much higher torque in order to achieve a faster transient than it is possible with
the motor only. In that case, a bang-bang controller can be used to accelerate the load as quickly as
possible between two end positions.

Figure 9. Proof-of-concept. Comparison of dynamic operational data for a magnetic spring with
minimum motor torque vs. no spring setup with peak torque operation; controller structure and tuning
have an impact on the exact values.
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3.2. Model Based-Optimal Component Design

Detailed design optimization of the selected five most interesting topologies was done.
The resulting Pareto fronts of different magnetic spring topologies can be compared for a fixed
energy requirement and stroke. In Figure 10 it can be seen that sintered NdFeB is preferred over
bonded magnets for reasons of both lower cost inertia. The added effect of using isotropic material
(bonded NdFeB) to achieve a wider variety of magnetization is smaller than the added cost and inertia
that results from lower flux densities in these materials. Interesting enough, low inertia levels can
be achieved for each topology, irrelevant of the magnet geometry. However, the amount of material
required to do so results in the lowest cost design with surface mounted arc magnets.

Figure 10. Optimization results plotted as Pareto-fronts for five stator and rotor topologies selected
after design space pruning for different energy and stroke specifications.

Additional conclusions regarding design rules can be drawn from optimization results through
Pareto optimal parameters. In Figure 11 normalized histograms (i.e., non- dimensional value on the
y-axis) of the pareto optimal designs are plotted for each of the five selected topologies, showing the
parameter distribution for the optimal designs that lie on the Pareto front.

Further analysis, shows that pole pitch in quasi Halbach arrays is optimally fully pitched with
pitch factor values (i.e., the ratio of magnet coverage and pole pitch) approaching 1 (Figure 11e,f),
which results in closest possible design to a real Halbach magnetization. On the other hand, standard
multipole array values optimally have short pitchpoles with pitch factor values between 0.75 and 0.85
in order to prevent short-circuiting of the permanent magnet flux. The specific value of pitch factor,
in this case, depends on the magnetic air gap between stator and rotor magnets as this represents
the magnetic resistance of the parallel flux path. Another difference between Halbach and standard
multipole arrays is in the thickness of the magnets (Figure 11c,d).

Finally, the scalable 1D model of magnetic springs can be validated using both the experimental
validation and the detailed FEM of the designs presented here. Note that the two designs have different
requirements as well as geometry sizing, and pole pair number. The single experimental design maps
into one point, while the pareto front shows a dispersion of the possible designs. Therefore, the 1D
model visible in Figure 12 Should be considered as a line partitioning the feasible component space
from the infeasible.
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Figure 11. Optimal parameters histograms for five selected stator and rotor topologies selected after
design space pruning.

 
(a) 

 
(b) 

Figure 12. Validation of 1D scaling model for (a) magnetic spring inertia and (b) magnetic spring bulk
material cost using experimental data and virtual validation data.
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4. Discussion

Following the optimization results, the impact of magnetic spring on system performance
can be analyzed from different perspectives. To compare magnetic springs to mechanical springs
side-to-side phenomenologically, maximum theoretical energy density based on first principles is
considered alongside with the realistically feasible energy density following from the optimization
result. Since desired lifetime has a direct influence on stress level in mechanical springs and therefore
also on energy density, we can plot energy density vs. required lifetime for mechanical and magnetic
springs (Figure 13).

102 104 106 108 1010

Cycle number

0

1000

2000

3000

4000

5000

6000

7000

Figure 13. Benchmarking magnetic springs vs. mechanical springs; magnetic springs have increasingly
higher energy density for high life cycle numbers.

The maximum theoretical energy density of the magnetic spring of Emax52S = 828 kJ/m3 is
already higher than that of the Murakami model based gigacycle energy density of steel springs at
EMurakami = 506 kJ/m3. The difference between feasible energy density achieved with the feasible
designs is even more dramatic. With NdFeB 42H grade and arc magnets, we are able to design a
magnetic spring with an energy density of Emodel42H = 404 kJ/m3, while a specific mechanical spring
described in Reference [9] possesses an energy density of Emech = 210 kJ/m3 with possible fatigue
failure already at megacycles. However, it is difficult to generalize on feasible gigacycle mechanical
designs for all the designs as the range of safety factors used within these applications is usually in
quite a large range. Nevertheless, while being conservative we can say that the resulting increase in
energy density is at least 50%, considering that the minimax design efficiencies of 0.6 achieved in this
paper are larger than those in mechanical spring designs where safety factors are usually moderately
higher than 2. Consequently, magnetic springs are specifically relevant for highly dynamic drivetrains
in manufacturing machines e.g., a weaving loom operating shedding frames at 10 Hz reaches into
megacycles after only 27.8 h and reaches well into a gigacycle regime in its standard operational age.

The benchmarking against PMSM is performed using a combination of real-life data from PMSM
datasheets and model comparison using the developed magnetic spring modelling toolchain. Several
types of servomotors are considered, with a preference for highly dynamic ones with high torque
density. Extrapolation from the datasheet points can be carried out using the relation.

J = nTpeak
5/3 (6)

which is valid for both springs and motors, assuming a fixed rotor aspect ratio (diameter/length).
To reduce the cost and size of an electric drive solution, a reducer with transmission ratio n may be
employed. However, the reflected inertia with a geared solution is always higher, given that
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J = n2 Jmotor (7)

and 2 > 5/3. In Figure 14a only peak torques are considered, which are limited by the magnetic design
of motor and spring. This results in a misleading image of rather “smaller” PMSMs (Maxon) having
a higher torque density than magnetic springs with one or even two pole pairs. Note that for these
“smaller” motors with natural cooling the difference between nominal torque and the peak torque is
also greater. Figure 14b presents a more relevant image for highly dynamic industrial applications
since here the nominal torque provided by the motor is compared to the spring peak torque.

(a) (b) 

Figure 14. Benchmarking torque density of magnetic springs (1D scaling model) with pole pair
numbers Npp = 1–5 vs. off-the-shelf highly dynamic PMSM (a) peak torque vs. inertia and (b) nominal
torque vs. inertia.

Nominal torque depends on the thermal design of the motor and cooling circuit, and in this
analysis, all of the conventional air and liquid cooling methods were considered. The allowed dynamic
peak can be higher than this limit, depending on the overload potential and the dynamic nature of
the load, however, for exact quantification of this effect, a more detailed system dynamics analysis,
outside of the scope of this article, should be considered. Additionally, for magnetic springs no thermal
limitation is considered since the losses associated with generating torque are non-existent and the
dynamic losses due to the eddy currents have been shown to be negligible. In conclusion, as a result
of high torque density of magnetic springs the actuator bandwidth can be systematically improved
for predetermined reciprocating profiles. This effect is more significant for small air-cooled motors,
and less pronounced for larger designs. For exact quantification, a more detailed study on system
optimization of magnetic spring assisted drivetrains is needed, considering optimal control strategy,
relative sizing of spring and motor, sizing and selection of other system components (e.g., gearbox,
motion conversion mechanism), and capturing motion requirements.

5. Conclusions

A detailed component design methodology has been developed and validated. A theoretical
energy density was established based on physical insight in energy stored in permanent magnets.
Detailed design optimization results show that design up to 60% of material efficiency are
manufacturable. Best results are achieved with surface mounted arc sintered NdFeB magnets.
The modeling approach is validated for a manufactured prototype, by static and dynamic component
characterization on the experimental test rig. Following these results, based on 1D scalable models
of magnetic springs, the energy density of a mechanical and magnetic spring can be compared for a
long lifetime. Magnetic springs have at least a 50% higher power/energy density than mechanical
springs with the with the added benefit of no fatigue failure. Additionally, using 1D scalable models of
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magnetic springs, a comparison between torque density of magnetic springs and PMSM off-the-shelf
motors shows the added value of magnetic springs for preplanned reciprocating motion systems.
The added benefit is specifically dramatic for partial strokes when magnetic springs with two and
more pole pairs are employed when drivetrain peak acceleration is increased by 33% for the worst
case scenario.

Conceptually, also the impact of magnetic spring on system behavior is experimentally
demonstrated. The results show a six times lower energy consumption, and three times lower
peak torque for a magnetic spring assisted drivetrain. Future studies should, however, consider a
detailed analysis of system level design of highly dynamic drivetrains and quantify the associated
cost reduction resulting from possible motor downsizing and improvement in bandwidth and energy
efficiency in a more systematic manner.

Based on the dynamic measurement performed on the prototype, magnetic spring losses do
not seem to be a relevant issue for the design of spring assisted reciprocating drivetrains, where
due to the low pole pair number, the frequency of the magnetic field is rather low. Nevertheless,
the demagnetization Hdemag field is directly influenced by the temperature, and the rise in temperature
is directly caused by losses. Therefore, it is important to notice that for using magnetic spring with
higher pole pair number, than considered here, for e.g., torque ripple reduction [24], demagnetization
can still be a possible issue. For such cases, a better understanding of thermal behavior and losses
might lead to savings related to the selection of lower temperature grade magnets related to lower
Dysprosium content.

Finally, we would like to comment un utility of magnetic springs. In this article, magnetic springs
are primarily intended for enabling elastic actuation in industrial applications, where this was not
feasible so far, due to the catastrophic failures that can result not only in significant down times,
but also damage to the machine, processed goods and operator (e.g., weaving loom or punching
tool failure). Alternatively, it might be possible for magnetic spring to replace mechanical springs in
applications where the use of mechanical springs is established, for reasons of reduced downtime.
However, the cost of magnetic springs is still expected to be higher than that of highly commoditized
mechanical springs, meaning that a trade-off study, done from a perspective of specific industrial
application will be necessary in order to determine when to use the magnetic springs. The results
presented in this article provide a head start in such a study.
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Abstract: A magnetic bearing is an industrial device that supports a rotating shaft with a magnetic
field. Magnetic bearings have advantages such as high efficiency, low maintenance, and no lubrication.
Active magnetic bearings (AMBs) use electromagnets with actively controlled coil currents based
on rotor position monitored by sensors integral to the AMB. AMBs are apt to the Internet of Things
(IoT) due to their inherent sensors and actuators. The IoT is the interconnection of physical devices
that enables them to send and receive data over the Internet. IoT technology has recently rapidly
increased and is being applied to industrial devices. This study developed a method for the condition
monitoring of AMB systems online using off-the-shelf IoT technology. Because off-the-shelf IoT
solutions were utilized, the developed method is cost-effective and can be implemented on existing
AMB systems. In this study, a MBC500 AMB test rig was outfitted with a Raspberry Pi single
board computer. The Raspberry Pi monitors the AMB’s position sensors and current sensors via an
analog-to-digital converter. Several loading cases were imposed on the experimental test rig and
diagnosed remotely using virtual network computing. It was found that remote AMB condition
monitoring is feasible for less than USD 100.

Keywords: Active Magnetic Bearing; AMB; Internet of Things; IoT; Condition Monitoring

1. Introduction

Active Magnetic Bearings (AMBs) support a rotor with a magnetic field such that the rotor is
levitated [1]. AMBs are an alternative to other types of bearings such as rolling element bearings and
fluid film bearings [2]. AMBs have advantages over other types of bearings such as the potential
for higher efficiency and rotational speeds. In addition, AMBs do not need lubrication, which is
advantageous in clean rooms, and food or medical processing (e.g., [3]). AMBs do not need service and
are useful in subsea [4] and space applications [5]. The control in the airgap clearance can be exploited,
for example, for machining tool positioning [6] and active balancing [7].

Passive magnetic bearings use permanent magnet stators to repel a rotor with permanent magnets
with opposing polarization [8]. The system is naturally stable, tending toward the equilibrium in
the center of the bearing. Passive magnetic bearings tend to be more efficient than AMBs with
electromagnets, because there is no current consumption. However, they lack the load capacity and
performance of the actuated AMBs. Permanent-magnet-biased AMBs have permanent magnets to
provide initial pulling force on a ferromagnetic rotor. Permanent-magnet-biased AMBs serve as a way
to achieve some of the advantages of passive magnetic bearings and AMBs and still utilize integral
sensors and actuators [9]. Zero-bias and low-bias AMBs also use integral sensors and high-efficiency
actuators and require sophisticated control laws (e.g., [10–16]) to take advantage of the nonlinear flux.
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AMBs use electromagnetic actuators to generate an attractive force on a ferromagnetic rotor.
The magnitude of the attractive force increases as the rotor moves closer to the stator. Therefore,
the setup is naturally unstable and requires stabilizing feedback control in order to function. An AMB
inherently includes some form of position sensing. The rotor position signal is used to calculate
required coil current to control rotor position and achieve stable levitation. A typical type of sensor is
the noncontact eddy current position probe. AMB position sensors have conveniently been utilized for
online health monitoring [17]. In addition, real-time knowledge of rotor position and coil current can
be used to determine bearing forces that can be used to indirectly monitor rotor loading [18].

AMBs are designed, built, and implemented by engineers and technicians with expert knowledge.
For example, AMB controller design must be customized to rotor geometry because of inertial and
gyroscopic cross-coupling and to avoid excitation of flexible modes. Once commissioned on-site,
the AMB can be used by the end user with relatively little training [19]. However, the end user
may not be able to effectively troubleshoot complications with the AMB system that may arise
after the commissioning process, because the end users are not trained to recognize or diagnose
these complications. In such cases, a field service technician from the AMB’s Original Equipment
Manufacturer (OEM) must go on-site to perform service. This results in down time for the system
supported by the AMB and increased expense to the customer. A solution is to make AMBs part of the
Internet of Things (IoT). This would allow for increased productivity and decreased costs.

The exact definition and scope of the IoT is still being developed. However, the IoT basically
enables the interconnection of physical devices. This interconnection allows the devices to send and
receive data over the Internet. This enables value creation beyond the mere sum of the “thing-based
function” and “IT-based service” [20]. By putting AMBs on the IoT, a remote user such as an off-site
OEM technician could access the AMB, and diagnose malfunctions without the need for on-site
examination. Therefore, (to reduce or eliminate equipment down time) the OEM technician can
recommend corrective action immediately, or even preemptively.

Early cases of what would become known as IoT were in the area of radio-frequency identification
(RFID) tags (e.g., [21]). Since then, there has been much development of IoT because of the significant
impact on people’s everyday lives [22]. There are several instances of industry beginning to take
advantage of IoT technology [23]. More recently, IoT has been applied towards structural health
monitoring [24]. For example, IoT has been used for monitoring the position of steel in a continuous
casting process [25]. In addition, IoT has been used for the monitoring of vibrations in electric
motors [26]. This suggests the potential of AMBs when coupled with the IoT.

There has been some previous work in the area of IoT tools used for AMBs. These are mostly
proprietary industrial systems used toward facilitating automated commissioning. However, there
has not been enough work in the application of off-the-shelf IoT hardware, which is low-cost and
readily available. An early work in remote operation of AMBs is found in [27], where a local area
network (LAN) is used to facilitate communication with real-time AMB controllers in a laboratory
environment. The utilized LAN is a direct connection between the remote computer used for system
interfacing and computers on the AMBs with dedicated hardware for real-time control and ethernet
communications. This method is successful at interfacing with the AMBs for conducting experiments
at a safe distance but was hardware intensive. In [28], a remote computer is used to communicate with
a server computer via Transmission Control Protocol/Internet Protocol (TCP/IP). The server passes
data via an RS-232 connection with a digital signal processor, which in turn controls an AMB system.
The setup is used to remotely tune the AMB controller gains. Jayawant and Davies [29] developed
an automated commissioning scheme capable of remote commissioning AMBs via TCP/IP and a
Simple Object Access Protocol (SOAP) interface. SOAP sends packaged datasets between computers
on a high level. Because the data are compiled and packaged before being transmitted via SOAP,
the method can facilitate data transfer between different types of systems, e.g., differing operating
systems. With SOAP, the actual data vector from the AMB is passed between the local and remote
computers. Data processing can take place on either or both computers. In [30], SOAP-based remote
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commissioning is applied to a fluid film bearing AMB test rig and an industrial turbo-machine. Similar
remote commissioning methods are utilized in [31] for a 3.3 MW motor-driven compressor and in [32]
for a high-temperature gas-cooled reactor.

In the present study, an AMB test rig was augmented with an off-the-shelf IoT gateway that is
low-cost and readily available. The local device was programmed to read the AMB’s sensors and
perform data processing for condition monitoring. A remote user could then log into the device through
Virtual Network Computing (VNC) via TCP/IP to observe the sensor signals. This approach differs
from the SOAP approach in that the AMB data vectors are not transmitted to the remote computer.
In the current approach, all data processing is done on the local IoT gateway and the resulting frames
are used remotely for condition monitoring. The usefulness of the developed system for condition
monitoring of AMBs was demonstrated by operating the test rig under different conditions, and
presenting the remote user interface, illustrating how the condition of the system was evaluated.
Preliminary results for this study are presented in [33].

The next section explains the concept of using the IoT for condition monitoring of AMBs.
Then, the experimental system used to demonstrate the proposed method is detailed, including cost
information. Next, the experimental results are presented. The practical issue of sampling time when
utilizing the IoT gateway device is then discussed. Finally, the paper is ended with concluding remarks.

2. Materials and Methods

This section covers the proposed method and the materials used to implement the experimental
demonstration. Specifically, an introduction to AMBs and the proposed method for condition
monitoring of AMBs on the IoT is discussed in the next subsection. Then, the AMB test rig for
the experimental demonstration is presented. Finally, subsections for the hardware and software for
IoT implementation are presented.

2.1. AMB and Condition Monitoring on the IoT

An AMB uses a magnetic field to support a rotating shaft. The magnetic field is generated by an
array of electromagnets around the rotor. The electromagnetic force induced on the ferromagnetic
rotor is inherently unstable. The position of the shaft is measured in real time by a noncontact position
sensor. The position data are used (by a controller) to calculate how much current is needed in the
electromagnetic coils to maintain a stable levitation. A typical control setup for AMBs is shown in
Figure 1 [34]. Figure 1a shows a common biasing scheme for a single AMB axis. Figure 1b shows
a control block diagram for a generic AMB-rotor system, which is Multiple-Input-Multiple-Output
(MIMO) because a rotor may have multiple AMBs. Therefore, an AMB, by its nature, includes sensors
and actuators. It is suitable for condition monitoring for traditional rotordynamic faults [35]. It is also
highly apt to be extended to the IoT.

  
(a) (b) 

Figure 1. Typical AMB control scheme: (a) one control axis biasing; and (b) MIMO Control block diagram.

By accessing the information available in an AMB, a remote service technician can monitor the
condition of the AMB system. Many types of information may be available in a AMB controller, such
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as rotor speed, hours in operation, temperature, flux, etc., but the signals used for the experimental
demonstration in this work were position and current. Figure 2 illustrates the overall concept for
the proposed method of AMB condition monitoring via the IoT. In the proposed scheme, the rotor
position and the coil current, available from the AMB, are accessed for the IoT. Therefore, a service
technician can log in remotely to the gateway and troubleshoot the AMB system. The remote technician
is granted the ability to diagnose a variety of equipment malfunctions. The technician might be able
to recommend corrective or even preventative action to the AMB end users without the need for an
on-site service visit.

Figure 2. Condition monitoring of AMB system via the IoT concept.

For example, if the rotor position is low and/or the coil current is high, shaft overloading may
be indicated. The technician can recommend checking the application, or “spec out” a larger AMB.
Another scenario could involve the remote technician observing an overly large orbit indicating large
unbalance. The technician could recommend rotor balancing before continuing operation.

2.2. Experimental System

The experimental system used to develop the proposed IoT condition monitoring solution consists
of a stand-alone AMB test rig coupled with an IoT gateway and other hardware. The AMB test rig is
model MBC500 by LaunchPoint Technologies, Inc. It has sensor signals that are readily available via a
front breakout panel. The IoT gateway selected is the Raspberry Pi 3 Model B single board computer.
The experimental system is shown in Figure 3. Figure 3 shows the overall system with: the AMB test
rig, added sensor amplifiers and ADC unit on a solderless breadboard, and Raspberry Pi with Ethernet
cable to connect to the Internet. The levitated shaft of the test rig has metal collars, which are movable,
removable, made of differing materials for differing weights, and may have an adjustable unbalance
screw added.

Additional hardware is required for interfacing the Raspberry Pi with the analog signals of
the AMB rig. Specifically, an analog-to-digital converter (ADC) board and amplifiers were used to
condition the sensor signals to the appropriate range. The following subsections detail the AMB test
rig configuration, electronic hardware for IoT implementation, and corresponding software.

2.2.1. AMB Test Rig

The MBC500 AMB test rig consists of a single shaft supported by two radial AMBs at either end.
Shaft position was monitored by Hall effect sensors to the immediate outside of the magnetic coils.
The shaft is stainless steel and 12.5 mm in diameter. Rotation is driven by an air turbine near the
inboard AMB.
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Figure 3. Experimental AMB test rig with attached Raspberry Pi single board computer, ADC, and
conditioning circuitry.

Movable collars were added to the shaft to create reconfigurable weight and unbalance loads.
The collars are approximately 10.5 mm wide and 28 mm in diameter. Two collars (one aluminum and
one stainless steel) were used for the present test. The aluminum collar is 15 g and the stainless steel
collar is 36 g. The position sensors are 2.8 mm from the ends of the shaft. The locations of the AMBs
and the collars on the shaft are shown in Figure 4.

Figure 4. Rotor configuration. Dimensions in mm.

The AMBs have eight poles and are wired differentially in the vertical and horizontal axes. Each
AMB axis has a bias current of 0.5 A and a nominal gap of 400 μm. The AMB force constant, based
on coil geometry, is 2.8 × 10−7 N·m2/A2. The current amplifier bandwidth is approximately 720 Hz.
The AMB controller built into the MBC500 is local lead-lag type. The built-in controller was used for
the IoT condition monitoring study (when the shaft collars were moved).

2.2.2. Hardware Added for IoT

The IoT gateway selected is the Raspberry Pi 3 B (~USD 40). The Raspberry Pi is a single board
computer with a 1.2 GHz Broadcom BCM2837 Quad-Core CPU and 1 GB of RAM. It runs the Raspbian
operating system, which is Debian based. The Raspberry Pi was selected for this study as it is one
of the most readily available IoT gateways. It serves as a cost-effective solution to remote condition
monitoring. It is widely obtainable and therefore available to be augmented to older AMB systems
already commissioned. In addition, software developed for the Raspbian operating system can be
relatively easily ported to other Linux-based systems. A limitation of this IoT gateway solution is it
is relatively slow and nonreal-time sampling as a consequence of the operating system. Therefore,
it is most useful for monitoring relatively slow rotors or systems with low frequency bearing modes,
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subharmonics, external excitations, and substructure modes. The issue of nonreal-time sampling is
discussed further in Section 3.

The hardware interface of the Raspberry Pi is general purpose input–output (GPIO) digital pins.
To read the analog signals from the AMBs, an ADC must be added. For the current study, a Texas
Instruments ADS1115 4-channel 16-bit ADC was utilized (~USD 15 on Adafruit Industries, LLC
breakout board). Communication between the Raspberry Pi and the ADC was implemented via
standard I2C digital communication protocol. This protocol requires two wires, one for data transfer
and one for a timing trigger. Figure 5a shows the basic scheme for experimental implementation of
AMB condition monitoring via IoT.

 
 

(a) (b) 

Figure 5. Hardware added for IoT implementation: (a) overall scheme; and (b) op-amp wiring diagram.

The ADC input range is nondifferential, effectively 0–5 V. The AMB sensors’ operation range is
within ±4 V. The sensor signals were scaled and offset by an array of four summing amplifiers. Texas
Instruments μA741cp general purpose operational amplifiers (each < USD 1) were used. The amplifiers
were wired as shown in Figure 4b to achieve the usable signal voltage range of 0.5–4.5 V. VI is the input
sensor signal from the AMB and VO is the output signal sent to the ADC.

A standard PC power supply (~USD 20) provides an economical source of +12 V and −12 V,
as well as the 5 V needed to raise to sensor signals. The resistors were balanced to half the overall
sensor signal. The exact value of the resistors was selected through trial-and-error for an acceptable
impedance match.

One AMB of the fully levitated system was monitored to demonstrate the developed IoT condition
monitoring system. The sensor signals monitored were shaft position in the horizontal and vertical
directions (x and y, respectively) and the corresponding axis coil currents (ix and iy, respectively).
The software loaded on the Raspberry Pi used these data to give insight to the operating conditions of
the outboard AMB. The entire assembly of hardware added for IoT is less than USD 100.

2.2.3. IoT Condition Monitoring Software

IoT condition monitoring software was written to collect the output signals of the ADC unit,
and to a display a visual representation of the data. This includes rotor position and coil current.
The ADC samples each signal, and converts the sampled data from voltage to bits. The bit readout
was communicated to the Raspberry Pi via I2C protocol. The bits were then scaled to recover the
real-world signal values. This scaling involved applying an offset and a sensitivity to the vectors of
collected data. The offset constants for the positions were obtained (during healthy levitation) by
averaging the position vectors. These values were subtracted from all corresponding values in each
corresponding vector. The sensitivity, found by comparing a known physical travel to the change
in bits, was multiplied into each value in the respective vector. This yielded the calibrated position.
A similar process was done for the current, but with the addition of offset to accurately represent the
bias current applied.
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Next, the vectors of position readings and current readings were plotted to display orbits (x vs. y)
and position y with time and frequency. The frequency plot was generated by taking the Fast Fourier
Transform (FFT) (via the NumPy library and the command numpy.fft) of a reconstructed position
vector, as follows: the original sampled position vector had inconsistent time steps because of the
nature of the Raspbian operating system. Since the processor was running both the operating system
and the monitoring program, the loop running the code may be suspended to maintain the operating
system’s processes. (The exact sampling rate is discussed in Section 4.) To perform the FFT, which
requires a consistent sampling rate, the original data vector and corresponding known time vector
were resampled via linear interpolation. Using a resampled vector with 512 elements from the original
approximately 400 over 5 s time history was selected. This number of virtual samples was selected to
optimize the FFT algorithm while being similar to the actual number of data taken (to maintain fidelity).

The plotting of position and current in the time domain and in the frequency domain gave insight
into the AMB system’s operating condition. The software placed these figures, as well as the average
value of each of the considered parameters after each instance, into a graphical user interface (GUI).
The GUI was generated using the matplotlib library and the command matplotlib.pyplot.plot. This
allowed taking the pre-allocated position and current vectors and expressing them visually. From
the Raspberry Pi, a remote monitoring technician could observe the motions of the shaft within the
bearing, and alert on-site operating technicians of a possible malfunction.

To connect remotely to the IoT AMB, Secure Shell (SSH), a cryptographic network protocol was
enabled to allow a connection from an outside source. The Raspberry Pi hosted a server using the
commercially available program VNC Server. The technician uses the corresponding program VNC
Viewer (client) (both by RealVNC Ltd.) to facilitate the connection with a remote framebuffer (RFB)
protocol. Similar IoT solutions utilizing VNC Server have been implemented in [36–38]. In general,
an RFB protocol transmits screen pixels from one computer (over a network) to another and can
also send control events, (e.g., mouse, keyboard, touch screen, etc.) in return [39]. For the current
study, the RFB allowed the remote user to activate the IoT program as well as observe the operation
of the bearing through the GUI. Therefore, not all data vectors for position, current, etc., need to be
transmitted. The program performed data collection and displayed results for a set 5 s time interval.
Future editions may allow the program to display latency, constantly update values and automatically
replot figures.

3. Results

Six trials were conducted to demonstrate the condition monitoring capabilities of the developed
AMB IoT system. For each trial, the shaft collars were adjusted to create varying load conditions.
Two trials were conducted with the shaft levitated, but not rotating. Two trials were conducted with
the shaft rotating. Two trials were conducted with the shaft rotating with added unbalance. For each
case, the GUI used by the remote service technician is presented to illustrate how the condition of the
AMB system is monitored.

3.1. Nonrotating Tests

Figures 6 and 7 show the GUI that a remote service technician would see when executing the IoT
AMB monitoring software. The software was executed by calling VNC viewer on the local machine,
connecting to the specific Raspberry Pi IoT gateway, and remotely calling the condition monitoring
GUI program on the Raspberry Pi. The top of the GUI is a header that displays basic information.
(The time period over which data are collected is displayed, in this case 5 s.) There is a blank expansion
field for latency to be displayed by a later version of the software. The average values for position and
current in the vertical and horizontal AMB axes are also displayed.

The two left plots are orbits, plotting data from vertical vs. horizontal AMB axes. The first plot
displays rotor position and the second displays top coil current calculated from the recorded control
current. The default scale for the position orbit is half the nominal AMB airgap of ±200 μm. The default
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scale serves as a limit for safe operation predetermined by expert users. Therefore, the technician can
easily determine if the rotor is near the limit of safe operation if it nears one of the axes. The default
scale for the current orbit is 0–1 A. A non-levitated rotor would sit at (0, −400) μm in the position orbit
and (0,0) A in the current orbit.

The center right plot displays the time response of the rotor vertical position over the entire 5 s
time history. The right plot displays the corresponding frequency spectrum found with an FFT of the
resampled position data.

Figure 6 shows the results for the nonrotating shaft without added collars. The shaft levitated
steadily near (0,0) μm, which is the center of the AMB. The coil current was near the bias current, 0.5 A.
The calibration of the IoT condition monitoring system can differ from that of the AMB controller.

 

Figure 6. AMB IoT condition monitoring GUI display for non-rotating bare shaft.

 

Figure 7. AMB IoT condition monitoring GUI display for non-rotating shaft with two collars.

The frequency spectrum depicted in the figure shows only a 0 Hz component for static offset.
Note that the AMB controller has no integral action (as in a common PID controller). Figure 7 is for
the nonrotating shaft with the two added collars. The remote service technician can infer the static
loading condition of the levitated rotor by noting the lower levitated position and increased static
current. In the event that the static deflection was too low or the static current was too high, the remote
service technician can diagnose rotor over loading and recommend proper corrective action to on-site
personnel without the need for an in-person inspection.
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3.2. Balanced Rotating Tests

The rotor was rotated at 1200 RPM with and without the shaft collars. Figure 8 shows the IoT
condition monitoring GUI for the case without the collars and Figure 9 for the case with the collars.
The remote service technician can observe the orbit of the rotor inside the AMB air gap caused by the
rotation. For both cases, the orbit was consistent and stable. The added weight of the shaft collars
caused a static deflection downwards, and a corresponding increase of current (as with the nonrotating
cases). The increase of gravity preloading also caused a slight bearing stiffness anisotropy, which led
to vertical elongation of the orbit, which was observable by the remote service technician.

The rotation condition of the rotor was further observable in the time plot that displays a consistent
harmonic wave. (The frequency spectrum had a peak at approximately 20 Hz, indicating the running
speed.) The case with the shaft collars had a slightly higher peak at the running speed because of
residual imbalance of the collars. The remote service technician can inspect the frequency spectrum for
other components. For example, rotation off of the bearing centerline led to the appearance of a 2×
rotation component at 40 Hz, as shown in Figure 9.

 

Figure 8. AMB IoT condition monitoring GUI display for rotating bare shaft.

 

Figure 9. AMB IoT condition monitoring GUI display for rotating shaft with two balanced collars.

3.3. Unbalanced Rotating Tests

To induce a rotordynamic malfunction, unbalance masses were added to each shaft collar (in the
form of a machine screw with exposed head). The resulting unbalance was approximately 6.5 g-mm
per collar. Two unbalance tests were conducted. The first had both unbalance screws in the same
direction on the rotor to create a static unbalance. The second had the unbalance screws in the opposite
directions on the rotor to create a dynamic unbalance. Again, the shaft was rotated at 1200 RPM.
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Figure 10 presents the IoT condition monitoring GUI for the static unbalance test and Figure 11 for
the dynamic unbalance test. Observing the GUI in Figure 10, a remote service technician can diagnose
the rotor unbalance from the slightly increased level of vibrations. This was seen in orbit size, vibration
amplitude in time, and 1× frequency peak. The slight increase in level of vibration can alert the remote
service technician to the added unbalance.

The dynamic unbalance test shows that the unbalance increased in the aluminum (inboard)
collar but the added mass of the stainless steel (outboard) collar countered its own residual unbalance.
Therefore, the remote service technician would observe a healthier orbit size, albeit lower, in the bearing
gap. The ability to remotely access these data enables the remote service technician to recommend
rotor balancing to the end user.

 

Figure 10. AMB IoT condition monitoring GUI display for rotating shaft with two collars and
static unbalance.

 

Figure 11. AMB IoT condition monitoring GUI display for rotating shaft with two collars and
dynamic unbalance.

4. Discussion

A limitation of the developed IoT condition monitoring solution is the inconsistent sampling
rate that stems from the operating system of the IoT gateway device. This is different from, for
example, a dedicated microcontroller that has no operating system and no related background activities.
The developed IoT program executed in Raspbian achieved a typical sampling rate of 100 Hz. However,
it suffered from periodic delays created as the operating system performs background processes. These
are the functions maintaining the operating system and functionality of peripherals and other programs
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run by the remote user. Figure 12a shows the time stepping history of a characteristic 5 s condition
monitoring run.

 
(a) (b) 

Figure 12. Characteristic sampling times for 5 s of IoT data: (a) time history; and (b) histogram.

The nominal sampling time of 0.01 s is presented as the baseline level in the figure. Frequently, the
time was delayed to around 0.012 s. In addition, the data collection was pseudo-periodically delayed
even further for several time steps, about every 1 s. This led to a time step as high as 0.018 s.

Figure 12b shows a histogram of the sampling time for this 5 s run. The histogram confirmed that
the nominal sampling time was dominant, but interrupted by occasional delays. The current study
overcame this limitation by visual inspection of orbits (which are not highly time dependent), and
resampling to achieve a practical frequency spectrum. (However, this issue is important in further
development of IoT for AMBs, i.e., execution of active control online.) A possible solution might
be implementation of a real-time operating system. Another solution might be implementation of a
programmable real-time unit on a single board computer.

5. Conclusions

This study addressed the problem of remote condition monitoring of AMBs. A solution was
proposed to use off-the-shelf IoT hardware and custom software to tie into an AMB’s position and
current signals. This allowed an OEM technician to observe the signals remotely. The proposed
strategy was demonstrated on an AMB test rig. A Raspberry Pi gateway and VNC Server software
were used to implement IoT connection. The IoT gateway and other associated hardware cost less than
USD 100. Static loading and static and dynamic unbalances were imposed on the experimental rotor.
For each case, the conditions of the AMB system were successfully monitored remotely.

Therefore, it was concluded that off-the-shelf IoT hardware and custom software is economical
and effective for remote AMB condition monitoring. AMB OEMs can implement similar methods
to remotely monitor their products, which are operating on-site for their clients, the end users. This
ability will alleviate the need for on-site service calls, and prevent AMB down time.

There are several promising directions for further development of AMBs and IoT. First,
cybersecurity should be considered. In other words, mechanisms need to be developed to ensure only
intended users can log in and access AMB data. In addition, a mobile application can be developed
with which AMB users can check on the condition of the system from arbitrary locations. More
complicated is the potential improvement of the IoT scheme for real-time use. Two possible solutions
are a real-time operating system for the IoT gateway and using a real-time programmable unit, which
would increase hardware cost. Real-time execution will lead to the next stage of development, a cyber
physical system (i.e., the feedback control for the AMB will be done through the IoT, making a system
in which the real-world dynamics of the system are dependent on the cyberworld). Then, an OEM
service technician would not only be able to monitor the condition of an AMB system and diagnose
problems, but also might be able to fix problems by changing the control law.
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Abstract: Electrodynamic thrust bearings (EDTBs) provide contactless rotor axial suspension
through electromagnetic forces solely leaning on passive phenomena. Lately, linear state-space
equations representing their quasi-static and dynamic behaviours have been developed and validated
experimentally. However, to date, the exploitation of these models has been restricted to basic
investigations regarding the stiffness and the rotational losses as well as qualitative stability analyses,
thus not allowing us to objectively compare the intrinsic qualities of EDTBs. In this context, the present
paper introduces four performance criteria directly related to the axial stiffness, the bearing energy
efficiency and the minimal amount of external damping required to stabilise the thrust bearing.
In addition, the stability is thoroughly examined via analytical developments based on these
dynamical models. This notably leads to static and dynamic conditions that ensure the stability at
a specific rotor spin speed. The resulting stable speed ranges are studied and their dependence to
the axial external stiffness as well as the external non-rotating damping are analysed. Finally, a case
study comparing three topologies through these performance criteria underlines that back irons fixed
to the windings are not advantageous due to the significant detent force.

Keywords: performance criteria; damping; electrodynamic; energy efficiency; stability; stiffness;
thrust bearing

1. Introduction

Nowadays, magnetic bearings constitute a convincing alternative to classical solutions such as ball
or journal bearings by ensuring contactless guiding of rotors, thereby reducing losses and removing
mechanical wear and friction. These compelling bearing can be either active or passive. The former
are based on current-controlled electromagnets exerting an attractive force on a ferromagnetic rotor,
whereas the latter only rely on passive phenomena.

Electrodynamic bearings (EDBs) belong to passive magnetic bearings (PMBs) as they lean on
electromagnetic forces generated by the appearance of induced currents in short-circuited conductors
in relative motion with respect to a magnetic field produced by permanent magnets (PMs). Although
their stiffness is quite low in comparison with active magnetic bearings (AMBs), these bearings are
attractive as they require neither sensors nor power and control electronics, thereby being intrinsically
more reliable, compact and energy-efficient [1]. EDBs can be of two types: radial or axial bearings.
The former allows guiding the radial degrees of freedom of the rotor, whereas the latter provides the
axial levitation.
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Numerous models describing radial EDBs in quasi-static conditions [2,3], i.e., assuming constant
spin speed and eccentricity, as well as in dynamic conditions were developed [4,5]. Although they
have never been defined as such, several criteria allowing us to compare these EDBs came up along
with these models.

Obviously, the stiffness induced by the electrodynamic effects is of primary interest given that
it directly relates to the bearing stability and eccentricity. This stiffness is an increasing function of
the rotor spin speed and can be characterised through two coefficients, namely the maximal stiffness
and the electrical pole of the R-L equivalent circuit [6]. Several sensitivity analyses were performed on
these two coefficients, thus yielding a first insight of the geometrical [7], electrical [8] and magnetic
parameters [9] that strongly influence them.

In addition to the stiffness, attention is paid to the rotational losses required to provide the
levitation force. Indeed, these losses are dissipated as heat and should therefore be limited to avoid
significant temperature rises as well as to increase the energy efficiency. To this end, the null-flux
concept was transposed to heteropolar EDBs, allowing us to conceive new topologies whose flux
linkage is null when there is no rotor eccentricity [10]. In this way, there is no induced currents
and therefore no losses in this position. Similarly, the null-E concept was then developed for
homopolar bearings [11]. Simultaneously, analytical formulas were derived to evaluate these rotational
losses [12,13].

The dynamic behaviour of radial EDBs constitutes a major issue as these bearings are always
unstable in the absence of non-rotating damping, i.e., damping that does not depend on the rotor
rotation [5,14]. Considering the difficulty of adding damping in a contactless way, thus being consistent
with the magnetic bearing approach, this external damping should be minimised. To this end, analytical
expressions were developed on the basis of quasi-static models to determine the minimal damping
required to ensure the stability at a particular spin speed [2,9,15].

Despite their promising stability properties, electrodynamic thrust bearings (EDTBs) have focused
much less research efforts. A bearing energy efficiency, defined as the ratio between the electrodynamic
levitation force and the corresponding power losses, has been introduced as a performance criterion,
even though external stiffnesses, such as the detent one, cannot be taken into account [16]. Recently,
models describing both the axial quasi-static and dynamic behaviours of EDTBs have been derived and
validated experimentally, allowing us to study their stiffness and rotational losses [17–20]. By contrast,
although the beneficial effect of the external damping has been theoretically demonstrated, there is still
no formula allowing us to determine the additional damping required to ensure the stability. Similarly,
the spin speed ranges within which the EDTB is stable can still not be determined analytically.

In this context, the present paper introduces four performance criteria related to the bearing axial
stiffness, the energy efficiency and the stability, allowing us to compare objectively EDTB topologies in
terms of their intrinsic qualities. Analytical expressions of these criteria are derived on the basis of
the dynamic models proposed in [17,18,21], thus being suitable for a wide variety of thrust bearing.
In addition, static and dynamic stabilities are analysed analytically, providing conditions that ensure
that the EDTB is stable at a particular spin speed and therefore allowing us to determine the stable
spin speed ranges.

The paper is structured as follows. Section 2 depicts the thrust bearing topologies under study.
Following on from this, the electromechanical model, comprising the electromagnetic and the rotor
mechanical models, is described in Section 3. The stability of the system is then analysed in Sections 4
and 5. Section 6 defines the four performance criteria for EDTBs. The last section is devoted to a case
study analysing three topologies through these criteria.

2. Bearing Description

The thrust bearing being analysed is constituted of two independent subassemblies, namely the
PM arrangements and the armature winding, in rotary motion relative to each other, as illustrated
in Figure 1. Each of them can be attached either to the stator or to the rotor.
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Figure 1. Bearing topologies with only one phase represented: (a) PMs are internal and the p coils of
each set are connected in series, the two resulting sets being connected together in series; and (b) PMs
are external and the p upper and the p lower coils are independently connected together in opposition.

The first subassembly comprises two PM arrangements, each producing an identical axial
magnetic field with p pole pairs. These arrangements can:

• either be placed in repulsive or attractive mode, as represented in Figure 1; and
• either constitute the internal or external subassembly, as shown in Figure 1a,b respectively.

The armature winding comprises N identical and evenly distributed phase windings. The latter
are each constituted of two identical sets of p identical and evenly distributed coils, each set being
predominantly magnetically linked to one PM arrangement, and can be of two types:

• the p coils of each set are connected in series, the two resulting sets being connected together,
as illustrated in Figure 1a;

• the p upper and the p lower coils are independently connected together, as represented
in Figure 1b.

Besides, as illustrated in Figure 1a,b, respectively, both upper and lower sets of coils can be shifted
by an angle equal to π/p or zero and can be connected either in series or in opposition. This connection
is chosen on the basis of the angular shift that separates the upper and lower sets as well as the
attractive or repulsive mode of the PM arrangements so as to ensure that the flux linked by the
armature winding is null when the rotor is axially centred with respect to the stator, thereby respecting
the null-flux principle.

3. Electromechanical Model

Under the assumption of small rotor axial, radial and angular displacements and neglecting the
inductance coefficient variations with these displacements, the axial dynamics of the system constituted
of the rotor and the ETDB is decoupled from the radial and angular ones [22]. Assuming in addition
that the rotor spin speed varies slowly compared to the axial dynamics, the latter can be described
through a linear state-space representation as extensively derived in [18]:⎡
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where z and ż are, respectively, the rotor axial position and velocity; F and T are, respectively,
the electrodynamic force and torque; Fe is the external axial force acting on the rotor; C is the
external non-rotating damping; M is the rotor mass; R is the phase winding resistance; Lc is the
cyclic inductance, thus taking into account the self and mutual inductance coefficients of the N phases
constituting the armature winding; KΦ is the proportionality factor between the amplitude of the
flux linked by the phase windings due to the PMs and the axial position; and ke is the external axial
stiffness. The latter could, for example, arise from detent effects or be related to the axial stiffness
induced by centring PM bearings added to the system so as to ensure the rotor radial and angular
guidance. Hence, this stiffness is generally negative, as it is assumed hereafter.

Assuming quasi-static conditions, i.e., ż = 0, the axial electrodynamic stiffness k(ω) as well as the
associated braking torque T(ω) can be retrieved from this dynamic model, yielding [18]:
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As depicted in Figure 2, illustrating the evolution of the stiffness, the latter increases with the spin
speed and can be characterised through two coefficients, namely the rotor spin speed ωe = R/(pLc)

related to the electrical pole and the asymptotic stiffness k∞, defined as:

k∞ =
K2

ΦN
2Lc

(5)

The latter therefore corresponds to the maximal axial stiffness that can be generated by the EDTB.
Let us point out that this stiffness appears explicitly in the state matrix A, given in Equation (2).
On the contrary, as shown in Figure 2, the braking torque T(ω) reaches its maximal value when the
speed is equal to ωe and then decreases asymptotically to zero.

Figure 2. Evolution of the electrodynamic stiffness k (solid line) and braking torque T (dashed line)
with the spin speed ω.
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4. Stability Analysis

The behaviour of EDTBs is strongly dependent on the rotor spin speed and so is their stability.
Hereinafter, general considerations about the stability of an EDTB coupled to the rotor are first derived.
On this basis, the static and dynamic stability are then analysed, leading to conditions ensuring a stable
behaviour at a specific rotor spin speed.

The following developments can be greatly simplified by considering the electrical pole as being
much greater than the maximal natural frequency of the equivalent spring–mass system constituted of
the rotor and the EDTB:

R
Lc

�
√

k∞

M
. (6)

In this way, the electrical phenomena are much faster than the mechanical ones and thus do not
have a significant impact on the rotor axial dynamics. Observing that the electromechanical model,
given in Equation (1), depends on the stiffness as well as the rotor mass and not their square roots,
Equation (6) can be expressed in a more convenient manner as:

(
R
Lc

)2
� k∞

M
. (7)

To the authors’ best knowledge, the latter hypothesis is verified in the vast majority of the
experimental and numerical studies of EDTBs, including the case study in Section 7. In addition,
let us assume a priori that the external damping satisfies:

2
(

C
M

)
	 R

Lc
, (8)

This assumption is verified a posteriori in Section 4.3.

4.1. General Considerations

The model in Equation (1) being linear, the stability analysis can be performed through the study
of the real part of the four eigenvalues of the state matrix A as a function of the spin speed. To this end,
the characteristic polynomial can be easily derived, yielding:

P(s) = s4 + s3
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2R
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)
+ s2
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M
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+
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)

+ s
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M
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M
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R
Lc

k∞ + 2ke

M

)
+ ω2 p2 k∞ + ke

M
+
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L2
c

ke

M
.

(9)

Under the hypothesis expressed in Equation (7) and assuming Equation (8) as verified,
the polynomial in Equation (9) can be simplified as follows:

P(s) = s4 + s3 2R
Lc

+ s2
(

R2

L2
c
+ ω2 p2

)
+ s

(
C
M

R2

L2
c
+ ω2 p2 C

M
+

R
Lc

k∞ + 2ke

M

)
+ ω2 p2 k∞ + ke

M
+

R2

L2
c

ke

M
. (10)

The root locus of the four eigenvalues can thus be obtained by finding the roots of Equation (10)
for different spin speeds. However, when it comes to stability analyses, only the speeds at which
the eigenvalues cross the imaginary axis are relevant as they define the spin speed ranges within
which the bearing is stable. Figure 3a,b illustrates, respectively, the impact of the external damping
and stiffness on the root locus. Only the two relevant eigenvalues, related to the mechanical behaviour,
are represented, the remaining two, related to the electrical behaviour, being located far in the left half
plane. The additional damping allows us to shift the complex conjugates parts of the root locus to the
left by an amount equal to C/(2M), whereas the external stiffness strongly modifies their shape.
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Figure 3. Root locus of both relevant eigenvalues: (a) evolution with the damping C = {0, 0.5, 1}
Ns/m for ke = 0 N/m; and (b) evolution with the external stiffness |ke| = {0, 1

4 , 1
2 , 3

4 , 9
10} k∞ N/m for

C = 0 Ns/m.

As a result, there are at most three spin speeds, ω1, ω2 and ω3, defined in Figure 4,
corresponding to intersections with the imaginary axis. More precisely, as shown in Figure 3, when the
external damping approaches zero, the spin speed ω3 tends to infinity and therefore no longer exists.
By contrast, increasing the damping allows us to move the spin speeds ω2 and ω3 towards each
other until they are equal, when the damping reaches a specific value, denoted by Cm hereinafter.
Beyond the latter damping, these two speeds do not exist anymore. Besides, as illustrated in Figure 3b,
the presence of the speed ω2 strongly depends on the external stiffness.

Figure 4. Root locus: Spin speeds corresponding to intersections with the imaginary axis.

For determining these speeds, let us assume that s = jh, implying that the eigenvalue lies on the
imaginary axis. In this case, Equation (10) can be separated into real and imaginary parts as follows:⎧⎪⎪⎪⎨

⎪⎪⎪⎩
0 = h4 + ω2 p2 k∞ + ke

M
+

R2

L2
c

ke

M
− h2

(
R2

L2
c
+ ω2 p2

)

0 = h
(

C
M

R2

L2
c
+ ω2 p2 C

M
+

R
Lc

k∞ + 2ke

M

)
− h3 2R

Lc

(11)

(12)

Solving Equation (12) for h yields three solutions. As demonstrated hereinafter, one solution is
related to a static instability, whereas the other two are linked to a dynamic one.

4.2. Static Stability

The trivial solution of Equation (12), i.e., h = 0, corresponds to the first intersection of the
eigenvalues with the imaginary axis. Substituting this solution into Equation (11) and isolating ω

leads to:

ω1 =
1
p

R
Lc

√
− ke

ke + k∞
. (13)

This corresponds to the spin speed at which the stiffness induced by the electrodynamic
effects exactly compensates for the external stiffness, i.e., k(ω1) = |ke|, as can be verified through
Equation (4). Below this specific spin speed, the thrust bearing suffers from an instability as the external
stiffness, whose effect is destabilising due to its negative value, is larger than the electrodynamic one.
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This instability can be qualified as static as it does not depend on the damping. The static stability
condition can thus be stated as:

k(ω) ≥ |ke| ⇐⇒ ω ≥ ω1 (14)

Two limiting cases can be studied. On the one hand, when there is no external stiffness, the speed
ω1 is equal to zero and the static stability condition does not introduce any restriction on the rotor spin
speed. On the other hand, when the external stiffness is larger, in absolute value, than the maximal
electrodynamic stiffness, i.e., |ke| > k∞, the speed ω1 tends to infinity and the bearing is unstable
regardless of the rotor spin speed.

4.3. Dynamic Stability

Both remaining solutions of Equation (12) are linked to a dynamic instability as they depend on
the damping. They can be calculated as follows:

h = ±
√
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C
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R
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+ ω2 p2 1
2
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R
+

k∞ + 2ke

2M
. (15)

Substituting Equation (15) into Equation (11) and multiplying by 4R2/L2
c yields:

ω4 f1 + ω2 f2 + f3 = 0, (16)

where:
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(17)

The polynomial in Equation (16) has at most two positive roots, thereby confirming that both
eigenvalues related to the electrical behaviour never cross the imaginary axis. Under the hypothesis
expressed in Equation (7) and still assuming that the damping satisfies Equation (8), the coefficients in
Equation (17) can be greatly simplified, leading to:
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(18)

(19)

(20)

Solving Equation (16) with these reduced coefficients allows us to determine both spin speeds ω2

and ω3 at which the relevant eigenvalues cross the imaginary axis, as shown in Figure 4:⎧⎪⎪⎪⎪⎨
⎪⎪⎪⎪⎩
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The value of these speeds is independent from the external stiffness ke, signifying that the
intersections of the eigenvalues with the imaginary axis occur at the same spin speeds even when the
shape of the root locus is modified by this stiffness, as shown in Figure 3b. By contrast, as mentioned in
Section 4.1, the existence of these intersections strongly depends on the external damping and stiffness.

Figure 5 shows the evolution of both speeds ω2 and ω3 with the external damping. As expected,
when the latter is equal to zero, the speed ω3 tends to infinity and therefore no longer exists, whereas
the speed ω2 can be easily calculated by observing that the coefficient f1 in Equation (18) is equal to
zero, implying that Equation (16) has only one positive solution:

ω2
∣∣
C=0 =

1
p

R
Lc

= ωe. (22)

This speed thus corresponds to spin speed ωe related to the electrical pole. Let us point out
that spin speeds smaller than this particular speed can never lie on the imaginary axis and are
therefore stable, from a dynamic point of view, regardless of the damping. As stated in Section 4.1,
adding external damping enables moving the speeds ω2 and ω3 towards each other until they intersect,
when the damping reaches Cm. Cancelling the coefficient Δ in Equation (21) allows us to determine both
the damping Cm such that these two speeds are equal and the corresponding speed, denoted by ωm:⎧⎪⎪⎪⎨

⎪⎪⎪⎩
Cm =

k∞

8
Lc

R
=

K2
ΦN

16R
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√
3

p
R
Lc

(23)

(24)

Below this damping, the speeds ω2 and ω3 are distinct and the EDTB is unstable, from a dynamic
point of view, when the spin speed belongs to the interval [ω2 ; ω3], as shown in Figure 4. By contrast,
when the damping is larger than Cm, the eigenvalues only cross the imaginary axis at the speed ω1 and
the EDTB is stable beyond the latter speed. Consequently, unlike their static counterparts, dynamic
instabilities can be removed through additional non-rotating damping.

Finally, substituting the maximal damping given in Equation (23) into Equation (8) and
considering that the assumption in Equation (7) is verified allows us to validate the relation in
Equation (8) a posteriori, highlighting that the latter is not, as such, a hypothesis.

Figure 5. Evolution of the speeds ω2 and ω3 with the external damping C.

4.4. Stability Conditions

In summary, the stability can be analysed on the basis of:

• the speed ω1 related to the static instability, given in Equation (13);
• the speeds ω2 and ω3, related to the dynamic instability, as a function of the damping, defined in

Equation (21); and
• the external damping C added to the system.
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More precisely, when the maximal electrodynamic stiffness is larger than the external one, i.e.,
k∞ > |ke|, the stability is ensured at the spin speed ω provided that:{

ω ≤ ω2(C) or ω ≥ ω3(C) if C ∈ [0 ; Cm]

ω ≥ ω1
(25)

Finally, let us point out that the state-space representations in [17,21] yield an identical
characteristic polynomial to Equation (9), thus widening the scope of the previous developments to
these models.

5. Stable Speed Analysis

Assuming that the eight parameters describing the dynamic behaviour of the system are identified,
the speed ranges within which the EDTB is stable can be easily determined through the conditions
defined in Equation (25). However, let us go one step further by analysing three different cases,
depending on the relative importance of the external stiffness in comparison to the electrodynamic one.

5.1. |ke| ∈ [0 ; k∞
2 ]

Let us first consider that the external stiffness belongs, in absolute value, to the interval [0 ; k∞
2 ].

In this case, the spin speed ω1 lies between 0 and ω2|C=0. Figure 6a,b represents, respectively,
the different curves involved in the stability conditions and the corresponding root locus. As shown
in Figure 6a, the EDTB is stable when the spin speed belongs to [ω1 ; ω2] or [ω3 ; ∞[. By contrast,
when the external damping is equal to zero, the intersection linked to spin speed ω3 does not exist
and the bearing is stable only between ω1 and ω2

∣∣
C=0. Finally, when the damping is larger than Cm,

both speeds ω2 and ω3 no longer exist and the stability range is enlarged to the interval [ω1 ; ∞[.

Figure 6. Stability analysis for |ke| ∈ [0 ; k∞
2 ]: (a) evolution of the spin speeds ω1, ω2 and ω3 with the

external damping, yielding the stable spin speed ranges; and (b) the corresponding root locus.

5.2. |ke| ∈ [ k∞
2 ; 3k∞

4 ]

Considering then the case with the external stiffness belonging to the interval [ k∞
2 ; 3k∞

4 ], the speed
ω1 can vary from ω2|C=0 to ωm. Figure 7a,b represents, respectively, the different curves involved in
the stability conditions and the corresponding root locus. In this case, the EDTB is stable when the
spin speed belongs to [ω1 ; ω2] or [ω3 ; ∞[ provided that the damping C is larger than the damping
C1 related to ω1, as shown in Figure 7a. The latter damping can be easily calculated by inverting
Equation (21) and evaluating the resulting function at the speed ω1, yielding:

C1 = −k∞
Lc

R

[
1 +

ke

k∞ + ke

]
[

1 − ke

k∞ + ke

]2 . (26)
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By contrast, when the additional damping is smaller than C1, the stability range is limited to the
interval [ω3 ; ∞[ given that the speed ω2 no longer corresponds to an intersection with the imaginary
axis, the latter speed being smaller than ω1. Let us point out that, when there is no external damping,
the system suffers from a dynamic instability for speeds larger than ω1 and is therefore unconditionally
unstable. Finally, when the damping is larger than Cm, the stable spin speed range is [ω1 ; ∞[.

Figure 7. Stability analysis for |ke| ∈ [ k∞
2 ; 3k∞

4 ]: (a) evolution of the spin speeds ω1, ω2 and ω3 with
the external damping, yielding the stable spin speed ranges; and (b) the corresponding root locus.

5.3. |ke| ∈ [ 3k∞
4 ; k∞]

Let us now consider the case with an external stiffness belonging to the interval [ 3k∞
4 ; k∞], implying

that the speed ω1 is larger than ωm. Figure 8a,b represents, respectively, the different curves involved
in the stability conditions and the corresponding root locus. In this last case, the stability range
corresponds to the interval is [ω3 ; ∞[ provided that the damping C is smaller than C1, as shown
in Figure 8a. Otherwise, the stable speed range is given by [ω1 ; ∞[. Let us point out that adding
an amount of external damping larger than C1 brings no benefits in terms of stability. Finally, when the
damping is equal to zero, the bearing is unconditionally unstable.

Figure 8. Stability analysis for |ke| ∈ [ 3k∞
4 ; k∞]: (a) evolution of the spin speeds ω1, ω2 and ω3 with

the external damping, yielding the stable spin speed ranges; and (b) the corresponding root locus.

5.4. Summary

Table 1 summarises the intervals within which the axial dynamics of the system constituted of the
EDTB coupled to the rotor is stable, depending on the external damping and stiffness.
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Table 1. Stable speed ranges.

|ke| C Interval

[0 ; k∞
2 ]

0 [ω1 ; ω2]
]0 ; Cm] [ω1 ; ω2] ∪ [ω3 ; ∞[
]Cm ; ∞[ [ω1 ; ∞[

[ k∞
2 ; 3k∞

4 ]

0 ∅

]0 ; C1] [ω3 ; ∞[
]C1 ; Cm] [ω1 ; ω2] ∪ [ω3 ; ∞[
]Cm ; ∞[ [ω1 ; ∞[

[ 3k∞
4 ; k∞]

0 ∅

]0 ; C1] [ω3 ; ∞[
]C1 ; ∞[ [ω1 ; ∞[

6. Performance Criteria

The stiffness, the losses and the stability are of primary interest when analysing a bearing.
On this basis, four criteria can be derived to evaluate the intrinsic qualities of EDTB topologies, thus
allowing us to compare them objectively. These criteria are independent from the rotor spin speed as
well as its axial displacement.

6.1. Total Stiffness

In quasi-static conditions, the total stiffness kt(ω), comprising both electrodynamic and external
effects, can be expressed as follows:

kt(ω) = − Ft(z, ω)

z
= k(ω) + ke. (27)

As stated above, the static stability of the system as well as the rotor axial position and dynamics
are directly related to this stiffness. The maximal total stiffness kt,∞ therefore constitutes a first
performance criterion to be maximised:

kt,∞ = k∞ + ke =
K2

ΦN
2Lc

+ ke, (28)

Further noting that, for fixed maximal stiffness kt,∞ and speed ω, decreasing the spin speed ωe

corresponding to the electrical pole R/Lc allows us to increase the stiffness, the latter speed constitutes
a second criterion to be minimised:

ωe =
1
p

R
Lc

. (29)

6.2. Stability Margin

As stated above, adding non-rotating damping allows us to enlarge the range within which the
system is stable. However, to be coherent with the magnetic bearing approach, the external damping
should be contactless. Considering the potential difficulty of producing the latter, the damping Cs

required to stabilise the thrust bearing regardless of the spin speed should be minimised. This is all the
more true observing that maximising the stiffness and thus minimising the speed corresponding to the
electrical pole reduces the stable speed range when there is no external damping. As mentioned in
Section 5, this damping Cs depends on the relative importance of the external stiffness in comparison
to the maximal electrodynamic one:

Cs =

⎧⎪⎪⎨
⎪⎪⎩

Cm if |ke| ∈
[

0 ;
3k∞

4

]

C1 if |ke| ∈
[

3k∞

4
; k∞

] , (30)
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where Cm and C1 can be respectively calculated through Equations (23) and (26).

6.3. Energy Efficiency Coefficient

In addition to the restoring force, the thrust bearing produces an electrodynamic braking torque,
therefore contributing to decrease the rotor spin speed. The power P related to this braking torque is
entirely dissipated in the winding resistances in the form of Joule losses, leading to a rise in temperature
and thus being potentially detrimental to the functioning of the bearing. In quasi-static conditions,
these rotational losses can be calculated as:

P(ω) = |ω T(ω)| = z2 k∞
R
Lc

ω2

ω2 +
(

1
p

R
Lc

)2 . (31)

The bearing purpose is to provide the largest axial levitation force Ft, whereas the associated
rotational losses P have to be minimised. This amounts to maximising the following ratio:

Ft√
P
=

√√√√√ (k∞ + ke)2

k∞

Lc

R
[(pω)2 − (pω1)2]

2

(pω)2
[
(pω)2 +

(
R
Lc

)2
] . (32)

This ratio therefore only exists for rotor spin speeds larger than ω1, increasing from zero up to
reach its asymptotic value denoted by Kp:

Kp =

√
(k∞ + ke)2

k∞

Lc

R
. (33)

The energy efficiency coefficient Kp thus constitutes a fourth performance criterion to be
maximised. Lastly, in the absence of external stiffness, Equation (33) reduces to:

Kp
∣∣
ke=0 =

√
Lc

R
k∞. (34)

The latter coefficient is proportional to the square root of the external damping Cm required to
stabilise the bearing regardless of the spin speed, given in Equation (23). However, the energy efficiency
has to be maximised, whereas the additional damping has to be minimised. A trade-off between these
two criteria must therefore be considered, depending in particular on the application requirements as
regards losses and spin speed.

6.4. Summary

Table 2 summarises the four performance criteria that have been derived hereinbefore.

Table 2. Performance criteria.

Criterion Expression

Total stiffness max kt,∞ Equation (28)
min ωe Equation (29)

Required damping min Cs Equation (30)
Energy efficiency coefficient max Kp Equation (33)

7. Case Study

The case study was performed on the three EDTBs illustrated in Figure 9. The first corresponds to
a topology with a merged armature winding as internal subassembly and is denominated Topology 1.
The second bearing, denominated Topology 2, corresponds to the topology with two distinct PM
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arrangements as internal subassembly and the armature winding consisting of two sets of p coils
connected in series, the two resulting sets being themselves connected in opposition. The last one,
denominated Topology 3, is identical to the second but includes in addition back irons on which the
sets of coils are placed. In each of these three topologies, the PM arrangements comprise ferromagnetic
yokes, the remanent magnetisation is 1.42 T and the number p of pole pairs is two. The armature
winding comprises three phases (N = 3) and the conductor density, defined as the number of
conductors per unit of coil section, is 4 per square millimetre. The rotor includes the armature winding
and its mass was set to 1 kg. Lastly, the overall dimensions of the three topologies, given in Table 3,
are identical and so is their PM volume.

Figure 9. Study case: bearing topologies: (a) Topology 1; (b) Topology 2; and (c) Topology 3.

Table 3. Study case: bearing dimensions (mm).

Ri Ro hy hPM e tw l hb hw

10 50 2 3 3 5 10 2 parameter

7.1. Parametric Analysis

For each topology, a parametric analysis of the four performance criteria defined above was
performed with respect to the winding thickness hw. To this end, the model parameters were identified
for all configurations through static finite element simulations by applying the methods detailed in [18].
As illustrated in Figure 10a, the square of the ratio between the natural frequency of the equivalent
spring–mass system and the electrical pole stayed below 7%, therefore validating the assumption
in Equation (7) as well as the resulting developments with regard to the stability analyses and the
external damping required to stabilise the bearing.

Figure 10b shows the evolution of the maximal total stiffness with the winding thickness.
Topology 1 reached its maximum, namely 25.5 N/mm, when the thickness was equal to 10 mm,
whereas Topology 2 had a peak value of 23.5 N/mm for a thickness of 2 mm. Furthermore,
below a thickness of about 6.2 mm, represented by a dotted line, the total stiffness of the third
topology was negative, meaning that the detent force due to the interaction between the PMs and the
back irons was larger than the electrodynamic one and thus leading to a static instability regardless of
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the speed. Above this particular thickness, the maximal stiffness increased until it joined the curve
related to Topology 2 without ever exceeding the latter. The presence of the back irons is therefore
clearly not advantageous as regards the axial stiffness.

Figure 10c shows the evolution of the spin speed ωe corresponding to the electrical pole with the
winding thickness. Regardless of the latter, Topology 1 showed smaller speeds ωe than Topology 2,
signifying that the stiffness reached its maximum at lower speeds. However, the discrepancy between
these two topologies decreased with the thickness. As regards Topology 3, as soon as the total stiffness
became positive, the electrical pole remained smaller than the one related to Topology 2 given that the
back irons allows us to increase the cyclic inductance Lc while maintaining the resistance R unchanged.

Figure 10. Evolution of the performance criteria with the winding thickness for the three topologies:
(a) hypothesis validation; (b) maximal total stiffness; (c) spin speed related to the electrical pole;
(d) energy efficiency coefficient; and (e) stability margin.

Figure 10d shows the evolution of the energy efficiency coefficient Kp with the winding thickness.
As regards this criterion, Topologies 1 and 2 were rather close for small thicknesses. However,
the former always outclassed the latter and the gap widened with the winding thickness. In comparison
with these two topologies, the efficiency of Topology 3 remained quite low due to the negative
contribution of the axial detent force.

Figure 10e shows the evolution of the damping required to stabilise the bearing at high speeds
with the winding thickness. As mentioned in Section 6.3, the damping related to the Topologies 1
and 2 presented an identical shape to the curves linked to the energy efficiency, given that the
latter is proportional to the square root of the required damping in the absence of external stiffness.
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More precisely, it remained limited to relatively small values, namely no more than 2.0 and 3.5 Ns/m,
respectively. By contrast, Topology 3 required slightly larger damping with up to the double,
i.e., 7.2 Ns/m.

In summary, Topology 1 is attractive for a winding thickness close to 10 mm as the stiffness kt,∞ is
maximal, whereas the spin speed related to the electrical pole is rather low, namely 5200 rpm. Besides,
the energy efficiency coefficient is important and the required damping, being equal to 2.9 Ns/m, can be
considered as reasonable in light of the values reported in the literature [23]. Topology 2 with a winding
thickness equal to 2 mm yields an almost equivalent maximal stiffness, although the electrical pole
is about four times larger. The required damping is thus smaller for this topology, being equal to
0.71 Ns/m, and therefore easier to produce. However, it also means that the energy efficiency is
reduced by a factor about 2. Let us point out that, without considering the distance l between both
parts of Topology 2, the volume occupied by both topologies is nearly identical. Only Topologies 1 and
2 with a winding thickness equal to 10 and 2 mm, respectively, were further considered.

7.2. Rotational Losses

Assuming a constant external force Fe, the resulting axial displacement can be determined
through Equation (1) as well as Equation (4) and then substituted into Equation (31) giving the
rotational losses, yielding:

P(Fe, ω) =
F2

e k∞

(k∞ + ke)2
R
Lc︸ ︷︷ ︸

PFe ,∞

(pω)2
[
(pω)2 +

(
R
Lc

)2
]

[
(pω)2 +

(
R
Lc

)2 ke
(k∞+ke)

]2 . (35)

Considering the rotor weight as external load, namely approximately 10 N, the minimal rotational
losses PFe ,∞, given in Equation (35), were, respectively, equal to 4.4 and 17.8 W for Topologies 1 and 2.
Topology 1 therefore dissipated about four times less power for an identical load. Indeed, in the
absence of external stiffness, these losses were inversely proportional to the damping Cm required to
stabilise the thrust bearing regardless of the spin speed.

7.3. Stiffness Analysis

We studied the evolution of the stiffness with the rotor spin speed for Topologies 1 and 2.
Figure 11a,b represents, respectively, while taking into account the stability conditions for each
spin speed and amount of external damping, the maximal stiffness among both topologies and the
corresponding topology. The solid and dashed lines illustrate, respectively, the stability boundary
related to Topologies 1 and 2, the latter being defined as the evolution with the damping of the speeds
ω2,3 given in Equation (21). In this way, below each curve, the corresponding topology suffers from
a dynamic instability, also implying that both are unstable in the white zone.

Regardless of the spin speed, Topology 1 provided a higher stiffness and reached its maximal
stiffness k∞ for lower speeds than Topology 2 given that the electrical pole was smaller. By contrast,
in the absence of additional damping, Topology 1 was also unstable for a smaller speed. Indeed,
as stated in Section 6.1, minimising the spin speed ωe related to the electrical pole amounts to
reducing the stable speed range when there is no external damping. Therefore, between about 5000
and 20,000 rpm, namely the spin speeds related to the electrical poles of both topologies, Topology 2
offers the major advantage of not requiring external damping to ensure the axial stable levitation of
the rotor. This brief analysis shows that the rotor spin speed can still strongly influence the bearing
selection according to the application specifications.

135



Actuators 2019, 8, 11

Figure 11. Comparison of the stiffness of Topologies 1 and 2 while taking into account their stability
boundaries (solid and dashed lines respectively): (a) maximal stiffness with the spin speed; and (b) the
corresponding topology.

8. Conclusions

This paper presents four criteria allowing us to compare objectively various electrodynamic thrust
bearing topologies based on their intrinsic qualities and therefore to determine the most appropriate.

On the basis of the recent linear state-space representations describing the axial dynamics of
EDTBs, an analytical static and dynamic stability analysis is performed through the calculation of the
eigenvalues of the state matrix. The impact of the external damping and stiffness is studied through
a root locus as a function of the rotor spin speed, highlighting that the former allows us to move the
eigenvalues to the left, thus improving the stability, whereas the latter modifies their shape. Besides,
the spin speeds corresponding to intersections with the imaginary axis are calculated, therefore
defining the ranges within which the thrust bearing is stable. In the absence of additional damping
and external stiffness, the thrust bearing is stable up to the spin speed related to the electrical pole.

When it comes to comparing magnetic bearings, the maximal eccentricity, the losses and the
stability are of primary interest. As a result, the following four performance criteria are defined:
(i) the maximal total stiffness; (ii) the spin speed corresponding to the electrical pole; (iii) the levitation
energy efficiency, defined as the ratio between the thrust force and the corresponding rotational losses;
and (iiii) the damping required to stabilise the bearing regardless of the rotor spin speed. Three different
thrust bearing topologies, studied in the framework of a case study, are finally compared on the
basis of these criteria, notably highlighting that the addition of back irons behind the sets of coils has
no beneficial effect as regards axial dynamics due to the important detent stiffness.
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