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Preface to ”Small-Scale Hydropower and Energy
Recovery Interventions: Management, Optimization
Processes and Hydraulic Machines Applications”

Several topics in the small-scale hydropower sector are of great interest for pursuing the goal of

a more sustainable relationship with the environment.

The goal of this Special Issue entitled “Small-Scale Hydropower and Energy Recovery

Interventions: Management, Optimization Processes and Hydraulic Machines Applications”was to

collect the most important contributions from experts in this research field and to arouse interest in

the scientific community towards a better understanding of what might be the main key aspects of

the future hydropower sector.

Indeed, the Guest Editors are confident that the Special Issue will have an important impact

on the entire scientific community working in this research field that is currently facing important

changes in paradigm to achieve the goal of net-zero emissions in both the energy and water sectors.

Mosè Rossi, Massimiliano Renzi, David Štefan, and Sebastian Muntean

Editors
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* Correspondence: mose.rossi@staff.univpm.it

The overuse of fossil fuels has brought considerable climate change to our planet,
affecting not only human life, but also the ecosystem of the Earth (e.g., the melting of
glaciers, drought in warm/hot seasons, etc.). Indeed, an effect of raising CO2 concentration
in the atmosphere is the steep gradient of the global temperature increase (almost +0.08 ◦C
per decade, starting from 1900), which can be slowed down only by rethinking the current
paradigms of energy production and use.

The introduction and promotion of technologies capable of exploiting cleaner and
renewable sources, as well as delivering core energy-related services such as electricity
and drinkable water, is currently one of the main paths to be followed for tackling the
global warming issue. Water, as one of these sources, is an essential input for life and
energy production; conversely, a significant amount of energy is required for the extraction,
treatment, distribution, and disposal of water for civil and industrial uses. Thus, these
resources must be managed properly to grant a secure supply to the population while
meeting sustainability goals. This tradeoff constitutes the so-called water–energy nexus that
motivates scientists to further investigate, optimize, and invest in this important research
topic dealing with the correct and smart use of water.

Renewables are considered the key factor to proceeding with the decarbonization
path. According to the International Energy Agency (IEA), renewables have increased
electricity production by 7% in one year, namely, from 2019 to 2020 [1]. In particular, wind
and photovoltaic (PV) technologies together accounted for almost 60% of this increase. The
share of renewables in the global electricity market reached almost 29% in 2020. Renewable
power deployment still needs to expand significantly to achieve net-zero emissions by 2050.
In the medium term, the target is to reach more than 60% of the electricity generation using
renewables by 2030 [2]. Hydropower is the largest source of electricity worldwide; indeed,
its generation increased by 124 TWh (+3%) in 2020, reaching 4418 TWh and generating more
than all other renewable technologies combined. Hydropower is supposed to have a 3%
average annual generation growth until 2030 to provide 5870 TWh/year of electricity; thus,
an average of 48 GW of new capacity must be installed to achieve the net-zero emissions
target [3].

Currently, most of the hydropower plants worldwide are large-scale systems; these
systems were widely installed in the twentieth century, exploiting the most convenient
locations in terms of high height differences and flow rates, as these sources were the ones
that granted the highest payback in energetic and economic terms. The technologies used
in these installations are now considered to be mature, even though there are some recent
studies regarding the further revamping and digitalization of large-scale hydraulic turbines,
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such as Francis turbines or pump turbines, in the case of storage power plants. For instance,
Chen et al. (Contribution 1) proposed an analytical model of a Francis turbine operating
at the best efficiency point (BEP). This shows a much faster response in predicting the
internal flow field and working performance compared to experimental campaigns and
computational fluid dynamics (CFD), which both require high investments in equipment
and supercomputers. On the other hand, the problematic of pressure pulsations during
the operation sequences of pump-storage power plant has been investigated by Himr et al.
(Contribution 2), which addressed this energy dissipation phenomenon to the second (bulk)
viscosity of water.

As an alternative option to further foster the exploitation of hydropower potential,
the small-scale hydropower sector is currently being considered for future hydropower
scenarios, for example, as a downsized alternative to traditional plants, and as a solution
to exploit the so-called “hidden hydropower potential”, which involves energy recovery
solutions and the exploitation of alternative hydraulic geodetic potentials, such as pres-
surized water networks and irrigation systems. These solutions are particularly attractive
in regions where traditional hydropower sites have been extensively exploited, such as
in Europe and North America. Generally, the water pressure in distribution networks is
lowered through pressure-reducing valves (PRVs) down to 3–4 bar from higher values
that depend either on the height of the water source or the outlet pressure of pumping
stations used to distribute the water to the end-users. During this process, the energy of
the water is wasted in the forms of heat, noise, and vibration [4]. For this reason, a kind
of energy recovery intervention in water distribution networks can be the replacement of
PRVs with hydraulic turbines capable of exploiting the water potential available in these
networks. Biner et al. (Contribution 3) proposed a new micro-hydroelectric system whose
core element is a counter-rotating micro turbine, focusing on a gross capacity between
5 kW and 25 kW. This kind of hydraulic machine requires low capital expenditure with an
economic return within 10 years.

However, other technologies that have been used in several traditional hydraulic
applications can be adopted for energy generation and recovery purposes, such as pump
as turbines (PATs), which are considered an effective and much cheaper solution than
traditional hydraulic turbines. PATs are hydraulic pumps (e.g., axial or radial type) that
operate in reverse mode, namely, as a turbine, to produce power. The main advantages
of this kind of technology are (i) their large availability of different scales in the market,
(ii) low investment cost, i.e., 10–20 times lower than a traditional hydraulic turbine, and
(iii) easiness of installation, while one drawback might be their lower efficiency compared to
conventional hydraulic turbines. PATs are usually applied in a power range between 5 and
500 kW, and their producibility can be varied by modifying their rotational speed according
to the operating conditions onsite, leading to a payback periods (PBPs) of approximately
6 years. In recent years, several studies have been carried out by analyzing this technology
to better assess its pros and cons, as well as room for possible improvement. Binama
et al. (Contribution 4) investigated the behavior of a PAT from a fluid dynamic point of
view, focusing on the flow structure formation mechanism when the impeller rotational
speed changes. The results showed a worsening of both flow and pressure fields by
increasing the flow rate exploited by the hydraulic machine, but a slight improvement in
pressure pulsation levels by increasing the rotational speed of the impeller. Contrarily, the
increase in the rotational speed when dealing with part-load operating conditions led to
worse results. Kan et al. (Contribution 5) focused on the hydrodynamics of PATs, which
have been shown to cause progressive deterioration in inner surface smoothness. This
phenomenon leads to an increase in friction losses that affect the overall performance of the
hydraulic machine. CFD simulations in an axial-flow PAT have been carried out to address
this problem, while the hydraulic machine operates at different operating conditions. The
results showed that the wall roughness gradually decreases the head, the mechanical power,
and the efficiency of the analyzed PAT due to the axial velocity distribution uniformity
and the increase in velocity-weighted average swirl angles. PATs can be used not only for
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producing/recovering energy in water systems, but also as storage technology. Lugauer
et al. (Contribution 6) focused on the operation of a micro-pump storage system from an
economic point of view. A custom-built simulation model was based on pump and turbine
maps that were either given by manufacturers/other works in the literature, or obtained
through similarity laws. In particular, 11 PATs controlled by a frequency converter for
various generation and load scenarios were evaluated. The results showed that systems
with 22 kW power output and heads greater than 70 m are the most profitable since a
levelized cost of electricity (LCOE) of 0.292 €/kWh and total storage efficiency of 42% have
been reached.

In addition to energy recovery interventions within distribution networks, the residual
water energy content can also be recovered in tap-water systems within buildings (e.g.,
faucets). In this regard, Chen et al. (Contribution 7) developed a suitable micro-pipe mixed-
flow turbine with a 15 mm diameter. This turbine has been designed firstly with CFD,
and then the obtained results have been validated with experiments, showing a power
output and an efficiency of 6.40 W and 87.13%, respectively, after using a multi-objective
orthogonal optimization method to enhance its performance. Such a small device can be
used, for example, to power some microelectronics adopted in water distribution lines as
digital devices to monitor the performance and the reliability of the network.

Moving to the irrigation systems, there are a lot of weir structures that are used to
control the water elevation, water velocities, etc., thus representing an energy waste in
terms of unexploited potential. The installation of a hydraulic turbine in this kind of system,
in addition to performing the same task of the weir structures previously mentioned, allows
recovering energy, thus contributing to distributed energy production. Therefore, a two-
fold advantage could be achieved by both controlling the natural water flow and also
recovering unexploited hydraulic energy potential. Cassan et al. (Contribution 8) studied
a hydrostatic pressure wheel capable of regulating flow discharge and water height in
open channels, and elaborated a model of the water depth–discharge–rotational speed
relationship that considers the different energy losses present in the turbine. Experimental
tests were made to calibrate the head loss coefficients before the hydraulic machine was
installed in a real application. Finally, the wheel was able to achieve the goals of both
water level regulation and energy recovery, and can be described as simple, robust, and
environmentally friendly.

Nevertheless, the use of turbines is not the only solution for improving water systems;
indeed, besides the optimal management of water supply systems through variable-speed
pumping stations that has been studied by Drăghici et al. (Contribution 9), there are water
networks all over the world that are subjected to considerable water leakages due to the
limited maintenance of both supply and distribution pipelines. Just to give an idea, the
World Bank (WB) estimates the average value of non-revenue water at 25–30%, which is
due to water losses [5]. In addition to the loss of an important life source, water leakages
also lead to economic losses: to limit them as much as possible, smart meters are a suitable
solution for achieving satisfactory results in terms of both water, energy, and economic
savings. A smart meter records the water consumption and provides information to both
suppliers and end-users, such as water quality and temperature. Furthermore, smart
meters monitor the supply network in real-time, and are highly responsive in detecting
issues in the network such as leaks. Water distribution networks can be then divided
into sub-branches where a fixed number of smart meters are installed, thus facilitating
the control of these sub-networks. This division is called district metered areas (DMAs),
and allows companies to check zones where water leakages, both physical (e.g., inside the
water network and on the residential side) and apparent (e.g., authorized and unauthorized
consumptions), might appear. Bonthuys et al. (Contribution 10) focused on the study of
leakage reduction in a water distribution system located in Stellenbosch (South Africa),
and a genetic algorithm was used to identify and optimize the location and size of hydro-
turbine installations for energy recovery purposes. Both energy recovery installations and
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pipe replacements showed a reduction in leakage of up to or more than 6% by replacing
10-year-old pipes.

As deeply analyzed and discussed in this Editorial, several topics in the small-scale
hydropower sector are of great interest for pursuing the goal of a more sustainable relation-
ship with the environment. The goal of this Special Issue entitled “Small-Scale Hydropower
and Energy Recovery Interventions: Management, Optimization Processes and Hydraulic Machines
Applications” was to collect the most important contributions from experts in this research
field and to arouse interest in the scientific community towards a better understanding of
what might be the main key aspects of the future hydropower sector. Indeed, the Guest
Editors are confident that the Special Issue will have an important impact on the entire sci-
entific community working in this research field that is currently facing important changes
in paradigm to achieve the goal of net-zero emissions in both the energy and water sectors.
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Abstract: The extensive investigation and profound understanding of the hydraulic characteristics of
the Francis turbine are crucial to ensure a safe and stable hydraulic system. Especially, predicting the
runner’s hydraulic efficiency with high fidelity is mandatory at the early stage of a new hydropower
project. For these purposes, the current technologies mainly include experimentation and CFD
simulation. Both methods generally have the demerits of a long period, massive investment and
high requirements for supercomputers. In this work, an analytical solution is therefore introduced
in order to predict the internal flow field and working performance of the runner while the Francis
turbine operates at the best efficiency point (BEP). This approach, based on differential-geometry
theory and the kinematics of ideal fluid, discretizes the blade channel by several spatial streamlines.
Then, the dynamic parameters of these streamlines are determined in a curved-surface coordinate
system, including velocity components, flow angles, Eulerian energy and pressure differences across
the blade. Additionally, velocity components are converted from the spatial-velocity triangle to
the Cartesian coordinate system, and the absolute-velocity vectors as well as the streamlines are
subsequently derived. A validation of this approach is then presented. The analytical solution
of hydraulic efficiency shows good agreement with the experimental value and simulation result.
Additionally, the distributions of pressure differences over the blade, velocity and Eulerian energy
are well predicted with respect to the CFD results. Finally, the discrepancy and distribution of the
dynamic parameters are discussed.

Keywords: analytical solution; mathematic analysis; Francis turbine; hydraulic characteristics;
efficiency prediction; BEP

1. Introduction

The current global energy system is experiencing an optimization process and aims to
increase its use of clean energy, including solar, wind, nuclear, hydro and other renewables.
However, this system consisting of diverse energy sources is apt to trigger swings in the
power grid. In this case, hydropower, which is superior in terms of rapid startup and
shutdown as well as in its effective regulation of power quality, has long had a crucial role
in stabilizing the power system.

The runner of a turbine serves as the core of the hydro-energy conversion. It directly
determines the stability of the hydraulic system and further obliquely affects the robustness
of the electric system. It is thereby essential to optimize the runner-design process and
predict its working performance, particularly at the early stage of a hydropower project.
For this purpose, experiments [1,2] and CFD simulations [3–5] are the two widely used
technologies. However, satisfactory results require high-end instruments such as Parti-
cle Image Velocimetry [6,7], Laser Doppler Velocimetry [8,9] or Remote Sensing Survey.
Likewise, accurate CFD results impose high demands on supercomputers. Consequently,
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the mathematical-analysis method seems a preferable alternative for overcoming these
shortcomings. However, the relevant analytical methods to date have mainly been used for
the runner’s inverse design [10–13] and seldom for solving the runner’s internal character-
istics [14].

In this ambit, a few studies focused on the direct design of centrifugal pump and its
flow analysis [15,16]. By extension, the flow on the stream surface (S1) was converted to a
2D Cartesian coordinate system by conformal transformation. The flow around the cascade
was further described by equations of integral form, based on which the relative velocity on
the blade surface was derived [17]. In their work, a discrepancy arose between calculations
and measurements, presumably attributable to both ignoring the effects of blade shape on
the flow and to the unsatisfied momentum equation in the blade channel [18]. This method
was later improved with a direct and inverse iteration, and distributions of the relative and
meridian velocities were obtained by solving continuity and momentum equations with
the streamline-curvature method [19,20].

As for the analytical method in turbines, most studies have only focused on the flow
patterns at the runner’s inlet and outlet, particularly on their velocity triangles [21,22]. On
the meridional plane, the blade of the pump-turbine was discretized and the distributions
of Eulerian energy were deduced by a direct and inverse method [23]. Therein, a surface
coordinate was first established on the S1 stream surface of a pump turbine. This decisive
step implies the importance of describing flow patterns in the S1-surface coordinate system.
Additionally, some relevant technologies have been reported. For instance, spherical coor-
dinates associated with the conformal-transformation method were adopted to investigate
the flow in a tubular turbine. The results revealed the relationship between guide-vane
opening and the flow at the vane outlet [24]. Then, the runner blade was discretized in
spherical coordinates and further designed with the help of cylindrical coordinates [25].
Special attention has also been dedicated to the mathematical models describing swirling
flow in the turbomachinery [26] and downstream of the runner [27,28]. Then, the helical
flow pattern was described by the partial differential function (PDF) of the stream function.
This PDF can be solved by converting it to constrained variational problems or under
simplified conditions, and then validated by the finite-element method [29,30].

Most of these studies tried to determine the direct and inverse design of reaction
runners. Few of them obtained the hydraulic characteristics and internal flow field under
ideal cases or by the virtue of measurements. Herein, an analytical approach based on the
classic runner-design method is introduced, named the analytical method of characteristics
(AMOC). This approach focuses on predicting the internal and external characteristics
of a Francis turbine without performing extra tests or finite-element simulations; only
the runner configuration and its operational parameters are required. In this study, a
calculation procedure is performed at the BEP under incompressible and inviscid-flow
conditions. This analytical work aims to accurately and effectively predict the optimal
hydraulic efficiency and flow field in an existing runner, to quantitatively analyze the
energy conversion on the blade and to reveal the pressure difference across the blade.

The paper is organized as follows: Section 2 presents the main procedures of the
AMOC approach, with detailed steps in Appendix A. Section 3 takes the form of a case
study of a Francis turbine, describing the corresponding results and its validation by the
help of the finite-volume method. Section 4 contains conclusions and outlooks.

2. AMOC Methodology Implementation
2.1. Basic Assumptions

A mathematical model describing the flow in the blade channel is justifiably crucial to
analytically determine the runner characteristics. Indeed, real flow is complicated due to its
kinematics, dynamics and thermodynamics or even their interactions. In order to simplify
this issue and effectively implement the AMOC, some hypotheses are listed as follows:

• The liquid is inviscid, single-phase and incompressible.

8
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• The flow field in the runner is only subject to kinematics and described based on
monistic theory, namely the velocity at a certain point is determined only by the
streamwise distance from the origin of a streamline.

• The fluid flows smoothly in the blade channel, i.e., the relative velocity component is
aligned with the local tangential direction of the relative spatial streamline.

2.2. Implementation Procedures

The implementation procedure of the AMOC approach is illustrated in Figure 1.
This approach is based on the well-known classical-design theory of radial-axial turbine
runners under incompressible and inviscid-flow conditions. The three-dimensional runner
configuration, particularly the spatial blade channel, is discretized and projected onto the
meridional plane. Closely following this, spatial streamlines are formed by the interaction
of the blade and the stream surface. Then fluid kinematic relationships are constructed for
each streamline and later the kinematic parameters are solved.

Figure 1. Calculation flow diagram of AMOC.

Furthermore, the flow at the blade-channel inlet is irrotational, with uniform radial
and tangential velocity components. However, at the outlet of the channel, a uniform axial-
velocity profile is considered. A blade-blockage factor is introduced in order to account for
the effects of blade thickness. Some parameters are initially input in order to perform this
approach, including:

• A model of the runner and the main geometry of the blade, such as wooden figures.
• Meridional channel geometry, such as the crown, band, and blade leading-edge and

trailing-edge curves.
• The operational parameters at the BEP, such as available unit speed, head, and discharge.

Finally, the approach outputs several spatial streamlines and their relevant parameters
including the velocity components, Eulerian energy, absolute flow angle, relative flow
angle, runner’s hydraulic efficiency and pressure difference over the blade.

The general descriptions of Figure 1 are presented as follows with additional details
on the derivation shown in Appendix A.
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2.2.1. Coordinate Transformation

Meridian projection and surface mapping are performed in this section. Geometries
described in a Cartesian system are converted into a curved coordinate system by virtue
of the stream surface (S1) and the blade-chamber surface (S2). Detailed deviations can be
found in Appendix A.1. The coordination operations are defined by Equations (A1)–(A4).

2.2.2. Generatrix of Flow Section and Meridional Velocity

The cross section of the flow in the blade channel is perpendicular to the S1 stream
surface by the classical design theory of radial-axial turbine runners. Its intersection with
the meridian plane generates the so-called generatrix, which can be geometrically acquired
by inserting inscribed circles in the blade channel. As shown in Figure A3, one generatrix,
the arc ÂB derived from Equation (A5), rotates round the Z-axis to form the flow cross
section. Then the meridional velocity is computed in Appendix A.2.

2.2.3. Streamline Cluster Generation

Meridional streamlines discretize the flow channel into several passages, with each
passage conveying the same discharge. These meridional streamlines (SL) and ten relative
spatial streamlines (SSL) are derived by the steps in Appendix A.3.

Appendix A.4 elaborates the steps to determine the relative flow angle at each node
on the spatial streamlines. Then, with the known meridional velocity of the SL, the
corresponding meridional velocity on the SSL is derived in Appendix A.5. Blockage effects
due to the blade thickness are taken into account by Equations (A15) and (A16).

Using the above procedures, all of the parameters with which to further implement
the AMOC are obtained, including the revised meridional velocity Vm

′, the relative flow
angle βi and the blockage factor 1/ki at each node on the SSL.

By recalling the Law of sines and Law of cosines, the velocity components are derived
from Equations (A17) to (A21).

Afterwards, the Eulerian energy at each node on the SSL is quantified as:

EUi = Ui · VUi (1)

where EUi denotes the Eulerian energy at node i.
Recalling the fundamental equation of a hydraulic turbine defined as the integral

form [28]:
∫

S1

(ωrb1VUb1)ρVmb1dS1 −
∫

S2

(ωrb2VUb2)ρVmb2dS2 = (ρQ)(gH)η (2)

where S1 and S2, respectively, denote the cross sections upstream and downstream of
the runner.

This equation defines the change in flux of the moment of momentum along both the
streamwise and spanwise directions. According to the second assumption in Section 2.1,
this equation is integrated as:

γ

g
Q0 · (EUb1 − EUb2) = γQ0H0ηr0 (3)

then, the runner hydraulic efficiency can be computed where, γ is the liquid unit weight
and g is the gravity acceleration. EUb1 and EUb2 separately denote Eulerian energies at the
blade inlet and outlet. H0 is the rated head and ηr0 is the runner’s hydraulic efficiency at
the BEP as computed by the AMOC.
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Figure A5 shows the discretization of the blade inlet and outlet, as well as the notation
of each subsection. With the length-weighted method, the Eulerian energy in Equation (3)
is therefore replaced by the average value, quantified as:

EUb1 =
9

∑
J=1

ξb1J ·
EUb1J + EUb1(J+1)

2
(4)

where

ξb1J =
Lb1J

9
∑

J=1
Lb1J

EUb2 =
9

∑
J=1

ξb2J ·
EUb2J + EUb2(J+1)

2
(5)

where

ξb2J =
Lb2J

9
∑

J=1
Lb2J

where J denotes the ordinal of the SSL. J = 1, 2, . . . , 9 due to ten SSLs derived here as shown
in Figure A4. The subscript b1 and b2 denote blade inlet and outlet separately. EU denotes
the length-averaged Eulerian energy. EUJ denotes the Eulerian energy on the Jth SSL.
LJ denotes the length of the subsection. ξJ denotes the weighted factor of each segment.

2.3. Transformation of Velocity Component

The velocity components are converted from velocity triangles to the Cartesian system
by vector operation and coordinate operation in Appendix B. Then, the absolute streamlines
are derived by interpolation and extrapolation.

3. Case Study and Results Discussion
3.1. Basic Parameters of Runner Model

This AMOC procedure was performed on a Francis turbine model (A858a-36.6) with
an X-shaped blade that was conceptualized and developed by Prof. Hermod [31,32]. A
prototype of this model serves at the Three Gorges right bank station. Corresponding
runner and blade illustrations are separately presented in Figures 2 and 3. The main
dimensions of this model and its operational parameters at the BEP are tabulated in Table 1.
The X-blade runner features a twisted blade and a negative angle at the inlet in order to
reduce the cross flow in the blade channel [32]. These features make the second and third
assumptions more reasonable.

Figure 2. Runner of Francis turbine.
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Figure 3. X-shaped blade.

Table 1. Main specifications of the Francis turbine model.

Geometric Dimensions
D1 mm D2 mm N Blade shape

372.9 366.0 15 X

BEP Parameters
n0 r/min Q0 m3/s H0 m ρ kg/m3

1122 0.492 30 997

3.2. Validation and Result Analyses

With respect to the same turbine model, the results predicted by the AMOC approach
were evaluated by experimental data and using the CFD software ANSYS Fluent 19.2. In
the numerical simulation, the three-dimensional model and flow passage are illustrated
in Figure 4. This system consisted of the spiral case, guide vanes, runner and draft tube.
A grid with two million elements was employed to the whole domain. Then, the Navier–
Stokes equations coupled with the k-ε turbulence model were solved in the steady state.
A total head of 30 m was prescribed at the system inlet, and an average static pressure of
0 Pa was used at the system outlet. This simulation configuration has been widely used
in the field of hydraulic turbomachines. Simulation results have shown good agreement
with experiments [10,33], at least at the BEP. A ThinkPad laptop T460p was used to per-
form the simulation, and it took almost twelve hours to get satisfactory results for one
operation point.

Figure 4. Geometric model of the whole flow system for the turbine.

3.2.1. Time Consumption and Turbine Hydraulic Efficiency

By performing the AMOC, the whole implementation process consumed around two
hours to obtain all of the desired results using an identical laptop. From this point, the
time consumption of AMOC was 1/6 of the CFD calculation. Here, the efforts of 3D
modeling were not taken into account, let alone the various cases throughout the whole
operation range.
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Part of the data report obtained at the blade inlet and outlet after running the AMOC is
listed in Table 2, including various components of the velocity triangles, Eulerian energy, the
length of each subsection and the optimal hydraulic efficiency computed from Equation (1)
to Equation (5). That is,

ηr0 = (EUb1 − EUb2)/g/H0 = (305.507 − 26.846)/9.81/30 = 0.9469 (6)

Table 2. Analytical results of AMOC implementation.

SSL
V

m/s
W

m/s
U

m/s
β
◦

α
◦

EU

m2/s2
L

mm
EUm2/s2

Blade inlet

SSL-0 16.229 4.195 17.085 71.236 14.169 268.829
7.905

305.507

SSL-0.0625 16.361 4.179 17.100 72.828 14.124 271.325
7.960

SSL-0.125 16.445 4.186 17.133 73.538 14.131 273.225
15.770

SSL-0.25 16.614 4.230 17.274 74.005 14.166 278.274
15.577

SSL-0.375 16.852 4.290 17.534 73.849 14.153 286.505
15.288

SSL-0.5 17.219 4.343 17.934 73.603 14.004 299.634
15.122

SSL-0.625 17.602 4.436 18.446 72.174 13.881 315.193
14.758

SSL-0.75 17.932 4.594 19.067 68.891 13.826 332.012
14.080

SSL-0.875 18.273 4.776 19.853 64.022 13.591 352.623
13.066SSL-1 18.511 5.081 20.726 57.639 13.406 373.192

Blade outlet

SSL-0 5.385 8.943 5.921 35.663 104.470 −7.966
23.288

26.846

SSL-0.0625 5.533 10.272 6.761 29.733 112.968 −14.597
21.686

SSL-0.125 5.160 10.012 7.741 30.516 99.864 −6.843
35.446

SSL-0.25 5.392 9.451 9.767 32.539 70.507 17.574
26.720

SSL-0.375 5.853 10.144 11.594 30.310 61.004 32.895
20.423

SSL-0.5 6.031 11.290 13.249 26.973 58.104 42.221
17.256

SSL-0.625 6.450 12.061 14.771 25.331 53.139 57.150
14.977

SSL-0.75 6.983 12.593 16.175 24.245 47.777 75.907
13.097

SSL-0.875 6.720 14.220 17.475 21.495 50.842 74.151
12.220SSL-1 7.104 14.881 18.681 20.737 47.879 89.001

ηr0 % 94.69

This turbine model was tested by the Harbin electrical-machine factory in China.
The main results used to validate the analytical approach are shown in Table 3 [34]. The
optimal efficiency derived from the test was 94.63%. This value in the runner hill chart
is 94.7% as illustrated in Figure 5 [35]. Moreover, the optimal hydraulic efficiency of the
runner predicted by the Navier–Stokes solver is 94.57%. The efficiency value computed
by the different methods are compared in Table 4. The relative errors are calculated, and
these minor discrepancies quantitatively validate that the AMOC enables the accurate
prediction of the runner’s optimal hydraulic efficiency. Admittedly, the experimental value
of the efficiency was calculated between the cross sections upstream of the runner and
downstream of the runner, and this value takes into account the hydraulic efficiency, the
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mechanical efficiency and the volumetric efficiency, respectively, whereas the analytical
approach in this paper predicts only the hydraulic efficiency from the blade inlet towards
the outlet. At the BEP, the mechanical and volumetric loss is negligible, which leads to a
good agreement between the experimental and the analytical approaches.

Table 3. Main test results of the model runner.

Case and Variable n11 r/min Q11 m3/s η % Cavitation Coefficient

BEP 73.7 670 94.63 /
Limitation case / 992 86.60 0.08

Figure 5. Hill chart for model A858a-36.6 under 30 m test head.

Table 4. Efficiency comparison with different methods.

Methods Efficiency Value %

AMOC 94.69 94.69
Test 94.63 94.63
CFD 94.57 94.57

Relative error % 0.06 0.06 0.13

3.2.2. Velocity Distribution in Blade Channel

By data processing and velocity conversion, many more visual illustrations are pre-
sented. Figure 6 shows both the vector and scalar of the absolute velocity along the SSLs.
Additionally, the absolute streamlines are partially plotted in the left figure by blue lines.
It is evident that the radial flow gradually transfers to the axial direction due to the blade
configuration. The meridional velocity correspondingly tends to perform in the same
manner along the SSL. The runner additionally rotates clockwise. Therefore, the direction
of absolute velocity evolves, namely being horizontal to the right at the blade inlet and
inclined downwards at the outlet, as demonstrated by the blue lines in Figure 6a. This
pattern greatly depends on the runner configuration and indeed, the flow features here co-
incide with the turbine at medium specific speed. Meanwhile, the length of the red arrows
represents the magnitude of absolute velocity. Its streamwise evolution implies that the
velocity smoothly decreases, which agrees well with the distribution of the velocity scalar
in Figure 6b. Due to the effects of circumferential velocity, the maximum and minimum
values separately emerge at the inlet near the band and at the outlet adjacent to the crown.
These locations would possibly suffer from large stress, thereby inducing flow separation
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and other elusive hydraulic turbulence. Overall, in this section, the velocity distributions
from the AMOC feature smooth transitions, which is justifiably rational at the BEP.

Figure 6. Distribution of absolute velocity on the SSL by AMOC: (a) Velocity vector and streamline;
(b) Velocity scalar.

Additionally, the Navier–Stokes solver provides the absolute velocity and Eulerian
energy distributing on a certain S2 surface, as shown in Figure 7. To further aid in the assess-
ment of the results, the runner crown and the band are superimposed onto the flow fields.
There is good agreement in the velocity distribution, as evidenced in Figures 6b and 7a.
The absolute velocity in Figure 7a smoothly evolves from the blade’s leading edge towards
the trailing edge in the same manner as shown in Figure 6. Therefore, the main flow
features and velocity magnitude are well approximated by the AMOC approach, and the
S2 surface is basically divided into three parts: red, green and blue. Their boundaries, to
some extent, coincide with the blade’s leading and trailing edges. This implies the feature
of the X-shaped blade, namely less cross flow from the crown to the band.

Figure 7. Distribution of results obtained by the Navier–Stokes solver on S2 surface: (a) Absolute
velocity; (b) Dimensionless Eulerian energy.

3.2.3. Eulerian Energy in Blade Channel

In the (m, θ) curved coordinate system, the length of the SSL projection on the m-
axis and gH0 are used to normalize the coordinate and Eulerian energy, respectively, of
each point on the corresponding SSL. Figure 8a displays the resultant distribution of the
dimensionless Eulerian energy on five spatial streamlines. The contour of this energy on
the S2 surface is illustrated in Figure 8b. Obviously, Eulerian energy shows both a spanwise
ascent and a streamwise descent trend. On the other hand, the fluid potential energy is
converted to mechanical energy by pushing the runner. This process is reflected in the
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figures as the Eulerian energy declines from the blade inlet towards the outlet. Hence, the
slope of the curves in Figure 8a can be regarded as a criterion to define the local ability of
energy conversion. This ability is proportional to the absolute value of the specific slope. By
extension, a larger absolute value corresponds to the steep decline of the curve, triggering
more energy conversion. Therefore, the corresponding location on the blade works more
efficiently. As for the five curves in the figure, the gradient varies with the streamwise
position. In a similar manner, it can be inferred that the whole blade surface converts
energy unevenly, as seen in the color map in Figure 8b. This non-uniform energy transition
affects the runner performance from a micro perspective and, in turn, provides a decisive
step in the runner optimization, design and manufacturing process. Additionally, the right
figure schematically highlights two special locations of maximal and minimal Eulerian
energy, showing the same behavior as the absolute velocity in Figure 6b, and the energy
value is observed to be close to zero on the outlet curve. This happens to coincide with
the absence of residual momentum downstream of the runner in the optimal case. Similar
distribution patterns can be found between Figures 7b and 8b. Due to the high dimensional
interpolation required to obtain Figure 8b, the shape of the S2 surface is slightly changed.
The general contour distribution is still in accord with the Fluent results.

Figure 8. Distribution of Eulerian energy: (a) On three SSLs; (b) On the stream surface.

3.2.4. Pressure Difference over the Blade

The pressure difference over the blade is related to the meridional velocity and the
meridional derivative of the velocity moment, expressed as [10,36]:

p+ − p− =
2πρ

N
· V′

m · ∂(rVU)

∂m
(7)

where p+ and p− separately denote the static pressure on the pressure surface and the
suction surface of the blade.

The coefficient of pressure difference is defined as:

Cp =
p+ − p−

ρgH0
(8)

Consequently, the pressure difference at each node can be calculated using the cor-
responding revised meridional velocity and the circumferential component of absolute
velocity, especially when the real blade thickness is taken into account. As a result, the
coefficient of pressure difference across the blade is presented in Figure 9. As expressed
by Equation (7), the pressure difference is proportional to the revised meridional velocity
and to the derivative of the tangential velocity moment. These two parameters are larger
towards the band. Therefore, the pressure difference theoretically increases in the spanwise
direction. An overall agreement is observed between the AMOC approach and the Fluent
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results, though some noticeable discrepancies arise. This may be attributed to the hypothe-
ses, errors during interpolation and the simplifications of this model. In this ambit, the
treatment by degenerating the real blade into an S2 surface perhaps had the largest impact,
since the AMOC calculates the pressure difference along a spatial streamline, while this
value is obtained from the pressure surface and suction surface in the Navier–Stokes solver.

Figure 9. Distribution of Cp along spatial streamlines: (a) AMOC implementation; (b) ANSYS Fluent
Navier–Stokes solver.

In Figure 9a, the spanwise Cp distribution seems to be chaotic due to the shape of the
spatially twisted blade, while the streamwise distribution basically declines. During the
first half chord, namely 0 < m’ < 0.5, most of the load was applied to the region adjacent
to both the crown and the band, whereas the medium region was subjected to less load.
On the contrary, the liquid load mainly worked on the downstream region near the band
for 0.5 < m’ < 1. This coincides with the higher Eulerian energy near the lower part at the
blade outlet, as shown in Figures 7b and 8b. It is notable that on the edge of the blade outlet
(m’ = 1) the pressure difference is slightly away from zero. This is probably attributed to
the enlarged turbulence by the blade-channel vortex and to the outlet residual circulation,
which ensured a preferable wake flow and further, a higher runner efficiency. In such a
case, the flow pattern leaving the blade fails to meet the Kutta–Joukowski condition. In
addition, when Cp reaches the peak value, the corresponding velocity difference over the
blade also becomes the largest. The flow is likely to separate from the blade surface, and
this separation can be arithmetically predicted by the definition of stagnation enthalpy
in rotational machinery. This scenario will be quantitatively analyzed in the future work
combining CFD technology. In summary, the Cp distribution mainly depends on the blade
geometry and flow pattern in the blade channel. By calculating this value, the specific load
distribution can be obtained, and the local energy conversion ability on the blade can be
clearly evaluated.

4. Conclusions and Outlook

This paper predicted the characteristics of a Francis turbine operated at the BEP by an
analytical approach, the AMOC. Implementations of this method were based on differential-
geometry theory and the kinematics of ideal fluid, as well as the monistic theory, which
was proposed decades ago but is relatively simple and can be efficiently performed. All
of these merits make the monistic theory justifiably popular in mathematical models and
analytical solutions.

By performing the AMOC procedures, the blade channel was discretized using the
spatial relative streamlines, then the relevant hydraulic parameters were calculated, includ-
ing velocity components, flow angles, Eulerian energy and the pressure difference across
the blade. The runner’s optimal hydraulic efficiency was further derived from the Eulerian
energy. An arithmetical procedure was proposed to convert the velocity components from
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the spatial-velocity triangle to the Cartesian coordinate system. The resultant distributions
revealed the dynamic evolution of the absolute-velocity vector, magnitude and streamline
from the blade inlet to the outlet. Correspondingly, the Eulerian energy was distributed
with a similar pattern, and its streamline gradient can represent the energy-conversion
ability of the blade. Moreover, the pressure difference derived from flow dynamics eluci-
dates the loading on a blade surface, especially for an X-shaped blade. Herein, most of the
loading clusters were near both the crown and the band on the first half of blade, whereas
regions near the band dominantly suffered from liquid loading on the downstream half.

The results from the AMOC were compared both to the model test and to the Navier–
Stokes solution by the optimal hydraulic efficiency, the absolute velocity, the Eulerian
energy and the pressure distribution across the blade. The analytical efficiency value was
94.69%, showing good agreement with the test and numerical simulation. A relevant
minor discrepancy and similar flow patterns implied that the proposed AMOC can reliably
predict the internal flow field and hydraulic efficiency of a Francis turbine at the BEP. The
approach represents a key step towards runner design and selection with short duration
and high efficiency.

The basic assumptions of this approach, i.e., inviscid fluid smoothly flowing through
the blade channel, hardly deteriorated the precision of predicting the hydraulic efficiency.
This satisfactory result is probably attributed to using the length-weighted-average method
to calculate the Eulerian energy at the blade inlet and outlet. The uneven energy distribution
was therefore cancelled out. Furthermore, the predicted pressure difference at the blade
outlet generally coincided with the real conditions despite a slight deviation from the
theoretical value. This phenomenon may benefit from a compensation for viscosity and
backflow by introducing a blade-blockage factor, or from an induced pressure gradient by
the residual circulation at the blade outlet.

One possible improvement to this AMOC approach would be to obtain a better
prediction of the pressure difference, especially in the region near the blade inlet. In the
AMOC approach, the blade degenerated to a smooth stream surface. However, the blade
shape near the leading edge had a large curvature due to better dynamic characteristics.
Therefore, it is in fact possible to carefully deal with the region adjacent to the blade’s
leading edge.

5. Patents
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Appendix A

Appendix A.1. Coordinate Transformation

Two definitions are introduced firstly, the stream surface (S1) and the blade chamber
surface (S2). S1 is a rotational symmetric surface such as the trumpet-shaped light-green
face in Figure A1. It defines the flow trajectory in the channel without a blade from the
radial to the axial direction. S2 is identical to the real blade surface when the runner has an
infinite number of infinitely thin blades, such as the purple face in Figure A1. Meanwhile,
S2 can be composed of the chamber lines of the spanwise blade cascade. Therefore, S2
is named the blade-chamber surface. In Figure A1, a curved coordinate system (m, θ)
located on the S1 surface is established. The θ–axis denotes the azimuthal direction on
the horizontal plane, while the m-axis denotes the generatrix line of the S1 surface on the
vertical plane. The spatial relative streamline (SSL), which is the intersection of S1 and S2,
is marked as the red curve in Figure A1. Node coordinates on this streamline are therefore
converted from a Cartesian system to the (m, θ) system, expressed as:

ri
2 = xi

2 + yi
2 (A1)

zi = zi (A2)

mi = mi−1 + (∆zi
2 + ∆ri

2)
0.5

/ri (A3)

θi = atan
(

xi

yi

)

− atan
(

x0

y0

)

(A4)

where i denotes the ith node on the SSL. (xi, yi, zi) denotes the coordinates of the ith node in
the Cartesian system. (mi, θi) denotes the coordinates of the ith node in the curved system.
(x0, y0) are the coordinates of the SSL origin. ∆zi = zi − zi−1 is the axial interval of the
adjacent nodes. ∆ri = ri − ri−1 is the radial interval of the adjacent nodes.

Figure A1. Blade-chamber surface, stream surface and their meridian projection.

Figure A2. Generatrix of flow cross section in blade channel.
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Appendix A.2. Generatrix of Flow Section and Meridional Velocity

In the meridional plane in Figure A2, an inscribed circle tangents to both the crown
and the band with tangency points A and B. OA and OB denote the radius of the circle
with the center O. Then, the generatrix can be equivalent to the arc ÂB, which is tangent to
the radius OA and OB, respectively, on points A and B. Its length can be calculated by the
following empirical formula:

AB =
2
3
(AB + OA) (A5)

where OA is the radius value and AB is the chord length.
Then, the arc ÂB rotates around the Z-axis to obtain the flow cross section. Its area S

and meridian velocity Vm are subsequently computed:

S = 2π · DE · AB (A6)

Vm = Q0/S (A7)

where line OC is perpendicular to the chord AB. Point D is located on 1/3 of the line OC,
and the length CD = 1/3OC. Q0 denotes the discharge at the BEP.

Appendix A.3. Streamline Cluster Generation

The meridional channel is discretized by the meridional streamlines. An example of the
medium streamline, named SL-0.5, is presented in Figure A3. It divides the channel into two
parts. The coordinates of point F, which are the intersection of generatrix ÂB and SL-0.5, can
be derived by the following equations. Equations (A8)–(A10) are established by geometrical
features and Formula (A11) defines the same discharge passing arc ÂF and arc F̂B.

(zF − zO′)2 + (rF − rO′)2 = R2 (A8)

(zF − zA)
2 + (rF − rA)

2 = R2 + R2 − 2R2 cos γ1 (A9)

(zF − zB)
2 + (rF − rB)

2 = R2 + R2 − 2R2 cos γ2 (A10)

R · γ1 · 2π · rF + rA

2
= R · γ2 · 2π · rF + rB

2
(A11)

where (r, z) with different subscripts denotes the coordinates of corresponding points. O′

is the center of arc ÂB. R denotes its radius. γ1 and γ2 denote the radian angle of ∠AO′F
and ∠BO′F.

With various inscribed circles in the meridional channel, a series of intersection points
are obtained, which then make up the streamline SL-0.5. In the same manner, SL-0.25 is
produced, thereby evenly dividing the region between SL-0.5 and the crown. Likewise,
SL-0.75 halves the channel between SL-0.5 and the band.

Subsequently, the S1 stream surface is established by rotating the meridional streamline
around the Z-axis. Meanwhile, the S2 surface is defined by the centers of incircles and
their tangency points in the wooden blade figures. The resultant relative spatial streamline
is then generated by intersecting the S1 and S2 surfaces, named SSL-No., where the No.
coincides with the number of the SL. Finally, ten SSLs including the crown and the band
are illustrated in Figure A4. They represent ideal flow trajectories on the blade surface.
Additionally, the origins and endpoints of these lines are separately located on the blade’s
leading edge and trailing edge.
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Figure A3. Sketch of meridional streamline.

Figure A4. Sketch of spatial relative streamline.

Appendix A.4. Relative Flow Angle

Figure A5 shows the projection of the (m, θ) coordinates, velocity triangle and spatial
streamline onto a plane. The spatial streamline is evenly divided into n segments in order
to further discretize the spatial flow field. According to the third assumption, the relative
flow angle (β) in Figure A5a at each node can be derived from interpolating the angles
between the local tangent and the horizontal direction. Considering different positions of
the node, three scenarios are presented as follows, and the corresponding schematic of the
flow angle is shown in Figure A5b–d, respectively.

i = 1
tan β1 = τ2 ·

m2 − m1

θ2 − θ1
− τ3 ·

m3 − m1

θ3 − θ1
(A12)

τ2 =
θ3 − θ1

θ2 − θ1

τ3 =
θ3 − θ2

θ2 − θ1

2 ≤ i ≤ n

tan βi = τi ·
mi − mi−1

θi − θi−1
+ τi+1 ·

mi+1 − mi

θi+1 − θi
(A13)

τi =
θi+1 − θi

θi+1 − θi−1

τi+1 =
θi − θi−1

θi+1 − θi−1
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i = n + 1
tan βn+1 = τn ·

mn+1 − mn

θn+1 − θn
− τn−1 ·

mn+1 − mn−1

θn+1 − θn−1
(A14)

τn =
θn+1 − θn−1

θn − θn−1

τn−1 =
θn+1 − θn

θn − θn−1

where βi denotes the relative flow angle at the ith node and τi denotes the interpolating
coefficient.

Figure A5. Velocity triangle and flow angle at different locations on SSL: (a) velocity triangle;
(b) origin of streamline; (c) endpoint of streamline; (d) medium positions.

Appendix A.5. Meridional Velocity at SSL Nodes and Effects of Blade Thickness

It is notable that the SL is the meridional projection of the corresponding SSL, so they
have identical m-axial components. Additionally, Equation (A7) defines the distribution of
Vm on SL. Therefore, based on the (m, Vm) pairs on the SL, Vm at each node on the SSL is
subsequently interpolated.

In addition, blade thickness, to some extent, blocks the flow passage, changing the
velocity’s magnitude and direction. Herein, the AMOC is only concerned with its effect
on magnitude, while the flow direction is kept aligned with the SSL and the blocked flow
passage is subjected to the unchanged discharge, which is expressed by:

S · 2πri · Vmi = S · (2πri − Nei) · Vmi
′ (A15)

where ri denotes the radius of the ith node. N denotes the blade number. ei denotes the
corresponding thickness derived from diameter of the incircles in the wooden blade figure.
Vm

′ denotes the revised meridional velocity at node i. Then the blockage factor, accounting
for the thickness effect, is defined as:

1
ki

=
Vmi

Vmi
′ =

2πri − Nei

2πri
(A16)
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Appendix A.6. Velocity Triangle

According to the resolved parameters, each component in the velocity triangle at
every node can be computed. By extension, in the triangle sketched in Figure A5a, the
circumferential velocity component is:

Ui = ri · ω = ri ·
2πn0

60
(A17)

where ω is the angular speed and n0 is the rated rotation speed.
By recalling the Law of sines, the relative velocity is:

Wi =
Vmi

′

sin βi
=

ki · Vmi

sin βi
(A18)

With the Law of cosines in the velocity triangle, the velocity components and flow
angles satisfy the following equations:

Vi
2 = Ui

2 + Wi
2 − 2 · Ui · Wi · cos βi (A19)

Wi
2 = Ui

2 + Vi
2 − 2 · Ui · Vi · cos αi (A20)

Thus, the absolute velocity Vi and the corresponding absolute flow angle αi can be
calculated. Then, Vi is projected in the circumferential direction as:

VUi = Vi · cos αi (A21)

where VUi denotes the tangential component of Vi at node i.

Appendix B

Transformation of Velocity Component

To obtain the absolute streamline through each node, the absolute velocity should be
decomposed in the Cartesian coordinate system into three components, VX, VY and VZ.
Specific decomposition is shown in Figure A6, and the positive direction of each component
coincides with the coordinate axis.

Any two adjacent nodes on the SSL are designated as Fi(xi,yi, zi) and Fi+1(xi+1, yi+1,
zi+1). The projection of Fi+1 onto the Z-axis is Fi+1

′(0, 0, zi+1). Then, the two vectors can be
expressed by coordinates:

FiFi+1 = (xi+1 − xi, yi+1 − yi, zi+1 − zi) (A22)

Fi+1Fi+1
′ = (−xi+1,−yi+1, 0) (A23)

Due to the segment Fi+1Fi+1
′ acting as the radius of the dotted circle line in Figure A6,

it is known that Fi+1Fi+1
′⊥U and Fi+1Fi+1

′⊥VZ. That is, Fi+1Fi+1
′ is the normal vector of the

plane formed by U and VZ. Recalling the vector operation:

FiFi+1 · Fi+1Fi+1
′ =

∣

∣FiFi+1
∣

∣·
∣

∣Fi+1Fi+1
′∣
∣· cos γ3 (A24)

where γ3 is the angle between vector FiFi+1 and Fi+1Fi+1
′.

By introducing coordinate values of each vector, the Equation (A24) is elaborated as:

−xi+1 · (xi+1 − xi)− yi+1 · (yi+1 − yi) =

[(xi+1 − xi)
2 + (yi+1 − yi)

2 + (zi+1 − zi)
2]

0.5 · (xi+1
2 + yi+1

2)
0.5 · cos γ3

(A25)

Then γ3 is derived.
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With the third assumption, the relative velocity W at node Fi+1 ranges with the vector
FiFi+1 in Figure A6a, and the radial velocity Vr is the projection of W onto vector Fi+1Fi+1

′.
Then the following two equations are deduced:

Vr = W · cos γ3 (A26)

VZ
2 = V′2

m − Vr
2 (A27)

The positive value of VZ defines its vertically downward direction. The angle between
the Y-axis and vector Fi+1

′Fi+1 is set as γ4 as shown in Figure A6b. Then

Fi+1
′Fi+1 · j =

∣

∣Fi+1
′Fi+1

∣

∣·
∣

∣j
∣

∣· cos γ4 (A28)

where j is the positive unit vector of the Y-axis. The above equation is later elaborated by
the coordinate operation and γ4 is solely determined in [0, π]. That is:

yi+1 = (xi+1
2 + yi+1

2)
0.5 · 1 · cos γ4 (A29)

Therefore, VX and VY can be obtained by decomposing Vr and VU along the X-axis
and Y-axis, respectively:

VX = −Vr · sin γ4 − VU · cos γ4 (A30)

VY = −Vr · cos γ4 + VU · sin γ4 (A31)

The positive directions of Vr and VU are presented in Figure A6b. In particular,
at the origin of SSL, namely i = 1, the angle between W1 and F1F1

′ is approximated by
the angle between F1F2 and F1F1

′. Using the above procedures in this section, one can
successfully convert the velocity components from the velocity triangle to the Cartesian
coordinate system.

Figure A6. Diagram of the velocity triangle and decomposition: (a) spatial sketch; (b) top view.
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27. Susan-Resiga, R.; Ighişan, C.; Muntean, S. A Mathematical Model for the Swirling Flow Ingested by the Draft Tube of Francis

Turbines. WasserWirtschaft 2015, 13, 23–27. [CrossRef]
28. Susan-Resiga, R.F.; Muntean, S.; Avellan, F.; Anton, I. Mathematical modelling of swirling flow in hydraulic turbines for the full

operating range. Appl. Math. Modell. 2011, 35, 4759–4773. [CrossRef]
29. Susan-Resiga, R.F.; Avellan, F.; Ciocan, G.D.; Muntean, S.; Anton, I. Mathematical and Numerical Modelling of the Swirling Flow

in Francis Turbine Draft Tube Cone. Sci. Bull. Univ. Politeh. Timis. Trans. Mech. 2005, 50, 1–16.
30. Muntean, S.; Susan-Resiga, R.; Göde, E.; Baya, A.; Terzi, R.; Tîrşi, C. Scenarios for refurbishment of a hydropower plant equipped
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Abstract: The operation of any hydraulic power plant is accompanied by pressure pulsations that
are caused by vortex rope under the runner, rotor–stator interaction and various transitions during
changes in operating conditions or start-ups and shut-downs. Water in the conduit undergoes
volumetric changes due to these pulsations. Compression and expansion of the water are among the
mechanisms by which energy is dissipated in the system, and this corresponds to the second viscosity
of water. The better our knowledge of energy dissipation, the greater the possibility of a safer and
more economic operation of the hydraulic power plant. This paper focuses on the determination of
the second viscosity of water in a conduit. The mathematical apparatus, which is described in the
article, is applied to data obtained during commissioning tests in a water storage power plant. The
second viscosity is determined using measurements of pressure pulsations in the conduit induced
with a ball valve. The result shows a dependency of second viscosity on the frequency of pulsations.

Keywords: second viscosity; bulk viscosity; measurement; hydraulic power plant; conduit; pressure
pulsations; dissipation; damping

1. Introduction

The unsteady flow in a pipeline is a phenomenon of great interest. It is not possible
to avoid an unsteady flow when operating a hydraulic system. For example, a water
turbine generates instability when it starts or stops, when the power changes, when a black-
out occurs etc. All of these events induce transients connected to pressure pulsations.
The magnitude of the pulsations depends on many factors, and it is necessary to examine
these factors carefully in advance to prevent accidents and problems regarding operation
or regulation.

Even the steady operation of a turbine generates pressure pulsations, which travel
through the system. The pulsations are caused by vortex rope [1] or rotor–stator interactions
when the runner blade is passing the guide vane [2]. These pulsations can induce severe
vibrations of the structural parts in the system.

The behavior of hydraulic systems is usually simulated as one-dimensional flow
described by continuity and momentum Equations (1) and (2), where the wave speed and
viscosity are important parameters. The wave speed influences the magnitude of a pressure
surge and the speed of a response of the system to any event. Viscosity defines energy
dissipation via friction and is usually included in the friction loss coefficient.

∂p

∂t
+

a2ρ

S

∂Q

∂x
= 0, (1)

∂Q

∂t
+

S

ρ

∂p

∂x
+

λ

2DS
|Q|Q = gpS. (2)

Experience and experiments of various researchers showed that energy loss defined
only by the friction loss coefficient can be insufficient. Moreover, when water changes phase
or dissolved air is released, energy is dissipated by the following mechanisms: unsteady
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friction [3], friction in pipe material [4], fluid compression [5], when water changes phase
or dissolved air is released [6,7]. Omitting these mechanisms can have a crucial impact
on whether the analyzed system is deemed stable or unstable and on the selection of the
method to control it.

The energy dissipation due to the compressibility of a liquid or gas can be expressed as
a function of the bulk viscosity, which includes regular viscosity and the second coefficient
of viscosity (second viscosity) (see Equation (3)).

b = ξ +
2
3

η. (3)

Bulk viscosity is zero for dilute monoatomic gases according to Stokes’ hypothesis.
However, this assumption is not valid for other gases and liquids. An extensive review
of bulk viscosity showed how the second viscosity influences equations describing fluid
flow [5,8–12].

Thus far, many experiments have been performed to obtain the value of the bulk
viscosity or the second viscosity. Karim [13] measured the second viscosity of water, methyl
alcohol and ethyl alcohol in the 1950s. In recent work, Dukhin [14] compared three methods
(Brillouin spectroscopy, laser transient grating spectroscopy and acoustic spectroscopy)
for twelve liquids, including water. Holmes [15] investigated the dependence of the
second viscosity of water on temperature using acoustic spectroscopy. He [16] performed
similar experiments but used stimulated Brillouin scattering. All of the authors obtained
similar results, but they did not describe any frequency dependence. However, all of the
experiments were performed with very high pulsation frequencies (from 1 MHz to 1 GHz).
The measurement of much lower pulsation frequencies (from 0.2 Hz to 10 kHz) is described
in [17,18], where a hyperbolic dependence on frequency is described.

Determination of the second viscosity coefficient in a conduit of a hydraulic power
plant is a main goal of the study. Measured data of the pressure pulsations are used. The
mathematical background is briefly described in Section 2; a detailed description can be
found in [17]. The measurement set-up is given in Section 3, and the following section
discusses the obtained results.

2. Theory

A basic mathematical background is given in this section. One-dimensional flow is
supposed in the pipe, which is a usual simplification in pipeline dynamics.

2.1. Continuity Equation

Generally, liquid flow can be described by the continuity equation and momentum
equation. The continuity equation can be written in the following form:

dρ

dt
V + ρ

dV

dt
= 0. (4)

Equation (5) provides a relationship between density and pressure.

dp

dt
= a2 dρ

dt
. (5)

For liquid in a pipe, Equation (4) can be adjusted into form (6) using Equation (5)
when the Gauss–Ostrogradski formula is used.

1
a2

dp

dt
S + ρ

∂Q

∂x
+ ρ

∫

~v~ndP

dx
= 0. (6)

The integral in Equation (6) refers to the integration over the moving (deforming) pipe
wall, where the inner surface is P, and the velocity is ~v. The velocity can differ at different
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points. The integral equals zero when the pipe is rigid. An ideal contact between the liquid
and the pipe wall is assumed.

When a thin walled pipe is assumed, Equations (7) and (8) can be used to describe the
stress and deformation of the wall.

σ =
D

2e
p, (7)

v =
D

2
∂ε

∂t
. (8)

The model of the body in Figure 1 helps to define a relationship between the stress
and deformation of the wall.

E
1

E
0

σ ε

β
1

Figure 1. Model of the pipe wall.

The final shape of the continuity Equation (9) can be found after a Laplace transfor-
mation of Equations (6)–(8), where the complex wave speed is a function of the complex
Young’s modulus (see Equations (10) and (11)). A circular cross-section of the pipe is as-
sumed.

0 =
ρa2

c

S

∂Q̄

∂x
+ sp̄, (9)

ac = a

√

Ece

Ece + a2ρD
, (10)

Ec = E0 +
sE1β1

E1 + sβ1
. (11)

2.2. Momentum Equation

The momentum Equation for liquid (12) includes energy loss in the tensor Π.

ρ
∂~v

∂t
+ ρ~vgrad~v − divΠ + gradp = 0. (12)

Tensor Π describes the energy loss due to friction and compression (see Equation (13)).

divΠ = η∆~v + (η + ξ)grad div~v. (13)

It is possible to neglect the second term in Equation (12) when the liquid velocity is
much lower than the wave speed. Then, one-dimensional flow in a pipe with a circular
cross-section can be described by Equation (14).

∂Q

∂t
− 2η + ξ

ρ

∂2Q

∂x2 −
(

4η

ρD2

)2 t
∫

0

Γ(t − τ)Qdτ +
S

ρ

∂p

∂x
= 0. (14)

Memory function Γ expresses the energy loss due to an unsteady velocity profile. It
has a great impact on liquids with high viscosity (oil) or on flow in a capillary. Usually,
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it can be neglected, because its effect is much smaller than that of the second viscosity
influence [19,20]. Thus, the final shape of the momentum equation can be written after
a Laplace transformation when the flow rate derivation is substituted using Equation (9).

S

ρ

[

1 + (2η + ξ)
s

a2
c

]

∂ p̄

∂x
+ sQ̄ = 0. (15)

2.3. Second Viscosity

The solution of Equations (9) and (15) can be written using a transfer matrix T(x, s)
with a 2 × 2 size as follows:

(

Q̄
p̄

)

= T(x, s)

(

Q̄
p̄

)

x=0
. (16)

Therefore, when the boundary conditions for x = 0 are known (beginning of the pipe),
it is possible to obtain the Laplace transformations of the pressure and flow rate wherever
in the pipe. The transfer matrix contains all of the properties and geometrical parameters
of the pipe line and flowing fluid, including the wave speed and second viscosity.

When the boundary conditions and conditions in another place are known (for exam-
ple, from an experiment), it is possible to use an appropriate optimization method to find
some elements of the transfer matrix. This is a good way to compute second viscosity and
wave speed.

These parameters can also be obtained using eigenvalues of the transfer matrix.
The first step is to obtain a response of the system to an impulse. This is the experi-
mental part. The impulse can be induced with the valve (when water flows, the valve
closing causes pressure pulsations). The eigenvalue of the system can be determined
from a Fourier transformation of the measured pressure pulsations, and this is a complex
number. The imaginary part is the same as the eigen angular frequency of the pulsations.
The real part can be computed from the corresponding amplitude of a system of a single
degree of freedom (see Equation (17) and Figure 2).

s =
π√

3
∆ f ± i2π f . (17)

p
 [

P
a
]

f [Hz]

✁f

A
/2

A

Figure 2. Determination of the real part of the eigenvalue.
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The eigenvalue of the system equals the eigenvalue of the transfer matrix. The wave
speed and second viscosity can be changed to meet this requirement. The transfer matrix
can be written in various forms that include properties of the system (plain fluid, fluid +
pipe, fluid + pipe with added mass). Detailed mathematical analysis is described in [17],
and the chosen form of the transfer matrix with fluid properties has a form (18).

T(x, s) =









cosh
(

√

s·B
A·C · x

)

−
√

s·A
B·C · sinh

(

√

s·B
A·C · x

)

−
√

B·C
s·A · sinh

(

√

s·B
A·C · x

)

cosh
(

√

s·B
A·C · x

)









, (18)

where coefficients A, B, C stand for:

A =
S

ρ
+

2 · η + ζ

ρ2 · S · s

a2 , (19)

B = s −
s · J1

(

D
2 · i ·

√

s·ρ
η

)

s · J1

(

D
2 · i ·

√

s·ρ
η

)

− D
4 · i ·

√

s·ρ
η · J0

(

D
2 · i ·

√

s·ρ
η

) , (20)

C =
a2 · ρ

S
. (21)

Second viscosity and wave speed have to be optimized to obtain the zero determinant
of the transfer matrix.

3. Measurement

The storage hydraulic power plant Dlouhé Stráně is the most powerful hydraulic
power plant in the Czech Republic. It has two Francis turbines (2 × 325 MW), which can also
work as pumps. The turbines collect water from a bottom reservoir built on Dlouhá Desná
river and pump it into a top reservoir on the top of Dlouhé Stráně mountain. The geodetic
head is 510–534 m, and the flow rate during the turbine operation is 2 × 68.5 m3/s. Each
turbine has its own conduit with a length of 1547 and 1495 m and a diameter of 3.6 m.
A simplified scheme is shown in Figure 3.

Turbine

Ball valve

Intake gate

Top

reservoir

To bottom

reservoir

Pressure

sensor

Figure 3. Scheme of one conduit with the turbine.

Measurement of the pressure pulsations was performed in November 2011 as a part of
the commissioning tests in relation to turbine modernization. The obtained data primarily
were used to determine the initial flow rate using the time-pressure method (Gibson’s
method). Twenty-eight sets of data were gathered, including the regular stop, emergency
stop and disconnection of the electric network. Only data from the regular stop of the
turbine are usable for second viscosity computations (see Figure 4).
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Figure 4. Pressure upstream of the ball valve during the regular stop.

Steady operation continued until the 50th second. Then, guide vanes started to
close and caused a pressure surge that was 9% above the initial value. The guide vanes
completely closed within 20 s. The ball valve upstream of the turbine also started to close
but more slowly than the guide vanes. The pressure pulsations were damped until the
125th second. The ball valve finally closed at this time. The following pulsations correspond
to an unsteady flow in a simple pipe with the boundary condition of constant pressure
at the upstream end and a zero flow rate at the downstream end. These pulsations are
mathematically well described and are usable for the evaluation of the wave speed and
second viscosity (see Figure 5).
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Figure 5. Pressure upstream of the ball valve during the regular stop after the ball valve fully closed.

The emergency stop is the same as the regular stop, but when the guide vanes finish
closing, the intake gate also closes. The obtained pressure data are not appropriate for
second viscosity evaluation, because the pulsations are strongly damped. Tests of closing
after electricity disconnection also did not provide any usable data. Again, the system
closed the intake gate, and the pulsations were damped too quickly.

4. Evaluation

Pressure oscillations after the 125th second were subject to discrete Fourier transfor-
mation, and then the eigen frequencies were determined. Table 1 shows the first seven
eigen frequencies obtained from the measured pressure using Equation (17).
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Table 1. Eigenvalues and corresponding shapes of pressure pulsations.

Real Part (α), Imaginary Part (ω),
Frequency ( f )

Shape of Pressure Amplitudes along the Conduit

α = 0.0121522 rad/s
ω = 1.403 rad/s

f = 0.223 Hz
α = 0.01469911 rad/s

ω = 4.235 rad/s
f = 0.674 Hz

α = 0.03323047 rad/s
ω = 6.991 rad/s

f = 1.113 Hz
α = 0.03837075 rad/s

ω = 9.792 rad/s
f = 1.558 Hz

α = 0.04869796 rad/s
ω = 12.610 rad/s

f = 2.007 Hz
α = 0.08408768 rad/s

ω = 15.355 rad/s
f = 2.444 Hz

α = 0.07548372 rad/s
ω = 18.156 rad/s

f = 2.890 Hz

The shapes of the pressure amplitude along the conduit are shown in the right column.
The left end is the location of the valve; thus, the pressure always has maximal amplitude
there. The right end corresponds to the reservoir that maintains constant pressure there.

When the eigenvalues of the system are known, it is possible to determine the wave
speed and second viscosity, which satisfy Equation (16). The values were obtained from
eigenvalues in Table 1, and they are plotted in Figures 6 and 7.
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Figure 6. Wave speed with different frequencies.
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Figure 7. Second viscosity for different frequencies.
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It is clear that the wave speed is independent of the frequency. The scattering is 1.1%
from the mean value. The uncertainty was 0.2% of the sensor range, its time constant was
0.005 s and it was directly mounted on the pipe wall. Unlike the wave speed, the second
viscosity strongly depends on the frequency. One can easily find a hyperbolic function
that satisfactorily corresponds to the obtained values. Figure 7 is on a logarithmic scale;
therefore, the hyperbola appears as a line (see following equation). The obtained result
corresponds to [17].

ξ =
C

f
. (22)

Bubbles of free air in the water have an impact on the wave speed and second vis-
cosity [21]; however, in this case, the water had been pumped up and down several times
before this measurement. Therefore, there was a very low level of air content, and it is
possible to neglect its influence.

5. Summary

This paper describes an evaluation of the second viscosity of water. Pressure pulsations
in a conduit of a storage power plant were measured at the ball valve. The measurement
was performed as a part of commissioning tests and served for computations of the flow rate
using the time-pressure method; however, it was also possible to use it for the evaluation
of the second viscosity. The second viscosity was found from the eigenvalue of the conduit.
The result showed a hyperbolic dependence of second viscosity on the frequency.

The presented methodology could be transferred to other hydraulic machines of any
scale in order to verify the hydraulic system in which the machine will operate. This is
necessary for economic and safer operations.
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Symbols

The following symbols are used in this manuscript:

a wave speed
b bulk viscosity
D pipe diameter
E Young’s modulus
e pipe wall thickness
f frequency
gp gravity acceleration projection to pipe axis
i imaginary unit
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J0 Bessel function
J1 Bessel function

n normal vector oriented out of liquid
P pipe wall area
p pressure
Q flow rate
S pipe cross-section
s parameter of Laplace transformation
T transfer matrix
t time
V volume
v velocity
x longitudinal coordinate
β pipe wall damping
ε deformation
η dynamic viscosity
λ friction coefficient
ξ second viscosity
ρ density
σ stress
ω angular velocity

Subscripts:

c complex number
0 see Figure 1
1 see Figure 1

Superscripts:

* value divided by steady value
¯ variable after Laplace transformation
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Abstract: To enhance the sustainability of water supply systems, the development of new technolo-
gies for micro scale hydropower remains an active field of research. The present paper deals with
the implementation of a new micro-hydroelectric system for drinking water facilities, targeting a
gross capacity between 5 kW and 25 kW. A counter-rotating microturbine forms the core element
of the energy recovery system. The modular in-line technology is supposed to require low capital
expenditure, targeting profitability within 10 years. One stage of the DuoTurbo microturbine is
composed of two axial counter-rotating runners, each one featured with a wet permanent magnet
rim generator with independent speed regulation. This compact mechanical design facilitates the in-
tegration into existing drinking water installations. A first DuoTurbo product prototype is developed
by means of a Computational Fluid Dynamics based hydraulic design along with laboratory tests
to assess system efficiency and characteristics. The agreements between simulated and measured
hydraulic characteristics with absolute errors widely below 5% validate the design approach to a
large extent. The developed product prototype provides a maximum electrical power of 6.5 kW
at a maximum hydraulic head of 75 m, reaching a hydroelectric peak efficiency of 59%. In 2019, a
DuoTurbo pilot was commissioned at a drinking water facility to assess its long-term behavior and
thus, to validate advanced technology readiness levels. To the best of the authors knowledge, it is the
first implementation of a counter-rotating microturbine with independent runner speed regulation
and wet rim generators in a real-world drinking water facility. A complete year of operation is
monitored without showing significant drifts of efficiency and vibration. The demonstration of the
system in operational environment at pre-commercial state is validated that can be attributed to a
technology readiness level of 7. The overall results of this study are promising regarding further
industrialization steps and potential broad-scale applicability of the DuoTurbo microturbine in the
drinking water industry.

Keywords: counter-rotating microturbine; drinking water facilities; system engineering; CFD; per-
formance measurements; prototype endurance tests

1. Introduction

Among today’s renewable energy sources, hydropower remains one of the most im-
portant suppliers of electricity, meeting over 15% of the global needs. In hydrologically
and topographically predestined countries, hydropower constitutes even the bulk of elec-
tricity production. In Switzerland, hydropower covers more than 57% of the electricity
demand [1]. Thereby, small hydropower (SHP) facilities with a gross capacity below 10 MW
constitute about 10% of the Swiss hydroelectric capacity. Globally, energy strategies are
evolving towards clean and sustainable technologies that also drives the expansion of
SHP [2]. In Switzerland, the installed SHP energy production of about 3.4 TWh/year is
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planned to be increased by up to 770 GWh/year before 2050. Micro-hydropower (MHP),
referring to power units below 500 kW, can contribute to a noticeable extent to the SHP
mix. Particularly, the field of water treatment and distribution infrastructures hides a
considerable MHP potential [3]. However, different main issues are identified such as
variations in flows or turbine efficiency and the necessity of further risk assessments and
evaluations of long-term reliability of MHP installations. Therefore, energy recovery in
the water industry using MHP remains an active area of research, considering the various
technical and economical complexities. In Swiss drinking water supply systems, more than
100 GWh/year are already exploited by hundreds of drinking water turbines, thus, about
50% of the estimated potential [4]. Since 2008, a Swiss electricity supply act is in force pro-
viding compensatory feed-in remuneration for renewable energies. The newly introduced
feed-in tariffs are encouraging MHP exploitation in lower power ranges. Nevertheless,
many drinking water facilities with a power potential of a few kW still remain untapped
due to the lack of profitable solutions.

One of the most installed hydraulic machines for energy recovery from water dis-
tribution systems is the Pump as Turbine (PAT) [5] which represents an economically
interesting solution since small pumps are generally produced in series. Extensive research
is dedicated to PATs and their implementation in real-world water distribution systems,
for example [6]. Recent studies present methodologies to overcome major obstacles for
practical applications of PATs such as the lack of performance data [7,8]. Moreover, sev-
eral technical solutions have been developed to adapt small pumps into small PATs, and
variable speed drives may give them one degree of freedom. A recent case study shows
that the adoption of PATs in collective irrigation systems is a viable solution to improve
their economic and environmental impacts [9]. The latter research reveals a substantial cost
decrease of 74% in the electro-mechanical equipment compared to site-specific designed
turbines, whereas the electricity production is decreased by only 19%. To increase the
sustainability of water distribution systems, special attention is dedicated to management
strategies that minimize the overall energy input, inter alia, by integration of MHP tech-
nologies [10]. To point out one result of the proposed management strategies, it is found
that a set of independent District Metered Areas locally increase the hydraulic energy
(compared to widely open water distribution systems) that favors the installation of energy
recovery devices at these locations. To facilitate the function extension of water supply
networks to energy production, harmony search algorithms are proposed to optimize the
planning of such schemes [11].

In the case of facilities with strong hydraulic variations, the development of adapted
low power hydroelectric technologies with additional degrees of freedom may provide
more operational flexibility. In comparison, the speed coefficient—discharge coefficient
characteristic of a PAT with variable speed is typically clustered on only one S-shaped
curve [12] whilst for a counter-rotating micro-turbine with one additional degree of freedom
it may cover a large area [13]. Moreover, with specific turbine-oriented hydraulic design,
efficiency can be optimized. Low head tubular propeller turbines point out one example of
this research field [14]. In the perspective of developing a more flexible micro-hydroelectric
system for drinking water facilities, HES-SO Valais-Wallis and EPFL-LMH have initiated
the DuoTurbo project, focusing on an output power range between 5 kW and 25 kW. A
counter-rotating microturbine forms the core element of the new energy recovery station.
One stage of this microturbine consists of two axial counter-rotating runners. One early
prototype of this specific turbine design was realized at EPFL-LMH using an elbowed
pipe system with external electrical generators. Preliminary CFD simulations of this
prototype were carried out [15] showing hydraulic efficiencies over 80% for an output
power of 2.65 kW. Numerical and experimental methodologies to evaluate the performance
and flow features of such type of turbine, involving Laser Doppler Velocimetry, were
presented by [16,17]. The experimental validations including losses from the blade tip
radial clearance still showed reasonable hydraulic efficiencies above 60%. The integration
of a counter-rotating microturbine into water utility networks, considering analytical

38



Sustainability 2021, 13, 10717

hill chart models to maximize energy recovery, was presented by [18]. Further, virtual
Energy Recovery Station models were analyzed to simulate the energy recovery on a
given installation site [19]. A custom runner design strategy [20] is thereby considered to
maximize the electricity production at each potential water network. A second prototype
with a more compact “bulb” configuration, comprising in-line electrical generators, was
later built at HES-SO Valais-Wallis for ongoing developments. Finally, an even more
compact DuoTurbo mechanical concepts with more powerful custom rim generators was
developed that facilitates the integration into existing water pipelines. To investigate the
new hydro-mechanical and electrical concepts, a DuoTurbo laboratory prototype was built
in collaboration with industrial partners and extensively tested on the hydraulic test rig
of the HES-SO Valais-Wallis [21,22]. Several mechanical solutions concerning the runner
bearings and labyrinth seals were investigated to build a first DuoTurbo product prototype
in 2018 [23]. Finally, in May 2019, the first DuoTurbo pilot was commissioned at a drinking
water network in Savièse, VS Switzerland. The pilot enables long term monitoring and
collection of hydraulic, mechanical and electrical parameters and is therefore essential for
advanced system validation.

The aim of this paper is to point out the main technical aspects of the developed
DuoTurbo product prototype and to demonstrate its reliability operating in a real drinking
water network. First, the hydraulic, mechanical and electrical concepts are presented (see
Figure 1). Then, numerical and experimental methods used for the system characterization,
including the monitoring of the pilot facility, are explained. This paper only deals with the
product prototype, as highlighted in dark blue in Figure 1. The corresponding numerical
results, laboratory test results and long-term measurement data from the DuoTurbo pilot
facility are then presented and discussed.

Figure 1. Overview of the DuoTurbo conceptualization and characterization methodology from the
initial studies to a potential commercialization phase.

2. DuoTurbo Concept and Specifications
2.1. Concept Overview

In alpine regions, where altitude differences along the water supply chains are signifi-
cant, a considerable excess of hydraulic energy is dissipated by Pressure Reducing Valves
(PRVs). The DuoTurbo turbine is intended to recover a part of this energy surplus for a
maximum hydraulic head of currently 75 m per stage. The core element of the developed
technology is a counter-rotating axial microturbine with compact dimensions. Operational
flexibility is achieved by the individual speed control of each generator to handle fluc-
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tuating hydraulic conditions. Commercial converters are currently used for the runner
speed control and the power injection into the electrical grid. A controller manages the
autonomous operation of the installation and monitors various hydraulic, mechanical and
electrical parameters. For drinking water networks with consumption driven discharge,
the layout presented in Figure 2 is suggested. Typically two PRV’s are necessary to en-
sure the correct and safe functioning of the energy recovery device without affecting the
drinking water supply. These elements would also be required using a PAT as a power
generating unit. Two parallel branches are needed to ensure the water supply in case of
a turbine failure or high water demand, as well as to protect the turbine from overload.
Consequently, each branch must be equipped with a PRV to limit the downstream pressure
at part load and while bypassing. The pressure set point of the bypass PRV is set slightly
below the one of the turbine branch PRV. This pure hydro-mechanical configuration forces
the closure of the bypass branch until reaching the turbine power limit. A solenoid valve
is used to switch off the pressure control of the turbine branch’s PRV and its deactivation
initiates the closure of the turbine branch.

Figure 2. Global schematic with main hydroelectric components of the DuoTurbo energy recovery
system in a drinking water network with consumer driven discharge.

2.2. Hydroturbine Concept

2.2.1. Turbine Principle

The DuoTurbo microturbine is an axial flow turbine with two serial counter-rotating
runners per stage. In the field of turbomachines, the concept of counter-rotating axial rotors
is known since many years and has been considered for potential use in gas turbines or
aircraft engines [24]. The elimination of vanes between two counter-rotating runners is
beneficial in terms of weight, length and efficiency. The attributes of counter-rotating tur-
bines in such applications are high specific powers, high efficiency and possible balancing
of torque and gyroscopic effects. The counter-rotating principle is also applied to aircraft
and marine propellers. Various studies on hydraulic counter-rotating axial pico- and mi-
croturbines for potential applications in water infrastructures have been published [25–27].
The counter-rotating concept is also known in the field of hydraulic axial flow pumps [28].
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From the hydraulic point of view, the main advantages of the counter-rotating architecture
of the DuoTurbo microturbine lie in the achievable specific energies, the flexibility of design
and the adaptability to variable operating conditions. The speed ratio between the two
runners, referred as α, serves as an additional degree of freedom to handle off-design
conditions. Further, site specific adaptations of the hydraulic characteristic can be achieved
by tuning the nominal speed ratio αn. To minimize the design complexity, the DuoTurbo
microturbine is intended to be vaneless. This implies an axial flow at the inlet of the first
runner and the outlet of the second runner at nominal operating conditions.

2.2.2. Energy Transfer

The specific energy E released from the fluid in a horizontal hydraulic turbine is
expressed as:

E =
p̄I − p̄ Ī

ρ
+

C̄I
2 − C̄Ī

2

2
(1)

Thereby, p̄ is the average static pressure, C̄ is the average absolute flow velocity
amplitude and ρ is the density of the fluid. The indices I and Ī refer to the high and the low
pressure reference sections of the turbine, respectively, as shown in Figure 3. The indices
referring to runner specific pressure reference sections are 1 and 1̄. The hydraulic power is
then defined by the discharge Q passing the turbine:

Ph = ρ E Q (2)

Figure 3. Definition of reference sections and velocity triangles of a counter-rotating turbine stage.

The transferred specific energy Et transmitted to the turbine runner is then determined
by the energy efficiency ηe as a consequence of turbulent dissipation and wall friction:

Et = E ηe (3)

Assuming an inviscid flow passing through the runner on a constant spanwise coordi-
nate, the Euler turbine relation applied to a given streamline yields the correlation between
the transferred specific energy Et and the balance of the flux of angular momentum between
the runner’s high and low pressure reference sections:
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Et = U1Cu1 − U1̄Cu1̄ (4)

Thereby, U is the tangential runner velocity amplitude and Cu is the peripheral
absolute flow velocity amplitude. In Figure 3, these velocity components are used to
define the velocity triangles in an ideal situation. W denotes the relative flow velocity
amplitude with respect to the rotating reference frame and Cm is the meridional absolute
flow velocity amplitude.

2.2.3. Runner Design

On the basis of the velocity triangles defined in Figure 3 and by choosing an appropri-
ate radial distribution of Et that fulfills the radial equilibrium of the flow, all relative flow
angles β can be approximated. The relative flow angles determine to a large extend the
runner geometry. The inlet blade angles are generally chosen according to the theoretical
relative inlet flow angles, by respecting a certain blade incidence angle. The incidence an-
gles are tuned to optimize the blade design. The specific energy of a runner is very sensitive
to its outlet blade angles. To achieve the desired characteristics, flow angle deviations must
be taken into account. They can be predicted using empirical data or numerical simulations.
They generally depend on the hydrofoil shape, the blade solidity (Equation (5)) and the
hydraulic design point. The design process of the DuoTurbo runners is based on iterative
CFD simulations, by which the required outlet blade angles, as well as efficient hydrofoil
parameters are determined. To generate the blade geometry, hydrofoils are defined only at
the hub and shroud diameter using a direct profiling parametrization according to Figure 4.
This two section based blade shape definition was chosen since it enables a relatively fast
and simple machining process.

Figure 4. Direct profiling parametrization.

Further, the shroud diameter Ds and the hub diameter Dh of the DuoTurbo runners
are constant to minimize the fabrication costs. The main runner design parameters of the
product prototype are provided in Table 1. The blade solidity σ is calculated at the shroud
diameter according to the number of blades N and the chord length c, see Figure 4.
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σ =
c N

π Ds
(5)

Table 1. Runner specifications of the DuoTurbo product prototype.

Symbole Description Value Unit

Ds Shroud diameter 100 mm
Dh Hub diameter 87 mm
b Axial blade length 30 mm

NA Number of blades runner A 5 -
NB Number of blades runner B 9 -
σA Blade solidity runner A 1.44 -
σB Blade solidity runner B 1.42 -

β∗A,1,s Shroud inlet blade angle A 27.3 deg
β∗

A,1̄,s Shroud outlet blade angle A 10.9 deg
β∗B,1,s Shroud inlet blade angle B 67.7 deg
β∗

B,1̄,s Shroud outlet blade angle B 20.7 deg

2.3. Mechanical Concept

In many aspects, the mechanical design is key in regard to the success of a MHP energy
recovery device. The most crucial requirement addresses to the product’s robustness and
lifetime to minimize the occurrence of maintenance operations. Since quite high hydraulic
head values are targeted for the DuoTurbo product prototype, the axial loads are significant.
An appropriate bearing arrangement with reliable sealing is therefore required, excluding
the risk of water contamination by lubricants. Drinking water conform materials are
required for all submerged components. Further, the system efficiency is strongly related to
the constructive arrangement that is therefore subject to the product optimization process.
Accordingly, different mechanical configurations have been tested during the laboratory
prototype stage (see Figure 1), along with detailed power loss analyses. Based on these
findings, the mechanical components of the product prototype are designed, as presented
in Figure 5.

A key feature of the DuoTurbo microturbine are the wet permanent magnet rim
generators. Thanks to their design, the mechanical complexity is minimal, reaching a
high power density and compact dimensions. A drawback is encountered regarding the
additional disc friction losses created by the submerged electrical rotors. Whereas, the
cooling effect of the flow increases the power capacity of the permanent magnet generators
to a great extent. In the generator gap, a thin polymer tube is placed to separate the
electrical stators from the fluid. Labyrinth seals minimize volumetric losses through the
generator gap. Actually, the product prototype has an outer diameter of 300 mm and a
total axial length of 520 mm.

2.4. Electrical and Electronic Concepts

Due to the particular architecture of the DuoTurbo microturbine, custom permanent
magnet synchronous rim generators needed to be designed [29]. The generators are
engineered to achieve a maximum electrical power for the given dimensional restrictions
and rotational speed values. Specifications of the generators are presented in Table 2.
Because of the small axial distance between the runners, partially wounded stators are
currently used for the product prototype. The windings are thereby arranged only over
2 × 90◦ of the stator’s circumference. Further, the generator topology is defined by the
number of poles, the number of slots, and the number of slots per pole and per phase q.
The electromagnetic design was performed and validated using FEM simulations. The
simulation showed minimal torque ripple choosing q = 2, reaching an average dynamic
torque of about 10 Nm at the rated point.
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Figure 5. Overview of the mechanical components of the DuoTurbo product prototype.

Table 2. Generator specifications of the DuoTurbo product prototype.

Symbole Description Value Unit

Dri Inner rotor diameter 100 mm
Dre Outer rotor diameter 126 mm
g Generator air gap 2.9 mm
la Active length 62 mm
2p Number of poles 8 -
nn Nominal rot. speed 3500 1/min
Tn Nominal torque 10 Nm
U Line voltage 400 V

Pel,n Nominal electrical power 3.3 kW
ηel,n Nominal efficiency 0.92 -

Power electronics are essential for a micro hydroelectric unit, since the generated
electricity is mostly injected to the electrical network and the runner rotational speed
may vary. For the DuoTurbo pilot, commercial frequency converters are used for the
independent speed control and power regeneration of each generator. A third converter
is installed on the grid side for the synchronization and injection of the electrical energy.
The two four-quadrant converters on generator side can operate in drive mode for the
turbine startup and in regeneration mode during normal operation. The electrical power
is transmitted via direct current to the converter on the grid side. The runner speed is
controlled in sensorless mode. Because the industrial converters represent an important
portion of the total costs of the system, a custom electronic design may be crucial to achieve
marketability of the DuoTurbo turbine.

3. Characterization Methodology
3.1. Overview of the Characterization

The product characterization in terms of performance and hydraulic properties is
basically assessed by laboratory tests and numerical simulations. Potential characteristic
drifts caused by long term degradation are determined by advanced endurance tests carried
out at the pilot facility. A diagram of the power flow through the DuoTurbo turbine is
presented in Figure 6. Thereby, three types of values are distinguished:
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(a) Experimental data resulting from standard laboratory machine testing such as the
hydraulic power, the electrical power and the hydroelectric efficiency ηh−el ;

(b) Numerical data resulting from CFD simulations as part of the runner design proce-
dure such as the energy efficiency ηe;

(c) Power loss components estimated or measured by means of particular experimental
setups during the prototype investigation phase.

Apart from the efficiency terms, the dimensionless ϕ − ψ hydraulic characteristics
according to the IEC standard [30] can also be predicted by the numerical flow simulations
and be compared to experimental data. Theses hydraulic characteristics, depending only
on the hydraulic head, the discharge and the runner rotational speed, are key to validate
the CFD based runner design methodology.

Figure 6. Definition of measured, simulated and indirectly estimated quantities on the power flow of
the DuoTurbo turbine.

3.2. CFD Simulations

3.2.1. Numerical Setup

To evaluate the generated hydraulic design of the product prototype, numerical
flow simulations have been carried out with the commercial finite volume solver AN-
SYS CFX 17.0. The software is solving the incompressible steady Reynolds Averaged
Navier-Stokes (RANS) equations in their conservative form and the mass conservation
equation [31]. Steady state numerical simulations have been performed using the SST
turbulence model [32]. The choice of the steady state flow model is justified by the fact
that numerous hydraulic design iterations are carried for the development of the product
prototype. Steady state simulations for design purposes of hydraulic machinery are widely
applied and stated appropriate to capture mean flow features and engineering quanti-
ties [33] and are even capable to evaluate complex operating conditions such as for no-load
speed determination [34]. A 2nd order spatial scheme with a specified blend factor of 1 is
used. A RMS MAX convergence criterion of 10−6 is imposed, limiting the the maximum
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number of iterations to 700 per operating point. The equations are discretized in a full
computational domain with a mesh made with the ANSYS ICEM CFD 17.0 commercial
software, generating structured grids with hexahedral cells. The meshes of the four subdo-
mains are presented in Figure 7, while specific information is provided in Table 3. The y+

values, which represent the standardized thickness of the first wall layer, refer to near BEP
conditions with |ωA| = |ωB| = 2250 min−1 and Q = 9 L/s. The grid resolution is chosen
according to previous numerical studies of a counter-rotating microturbine presented
in [15]. The automatic near wall treatment of the CFX solver accepts relatively large y+

ranges up to 100 for the SST turbulence model [35]. The presented mesh qualities are
therefore considered appropriate for the performed analysis.

Figure 7. CFD meshes, computational domains and boundary definitions.

Table 3. CFD mesh information.

Domain Nodes Elements y+ Mean y+ Max

Stator A 401′274 378′880 13.64 30.64
Stator B 637′698 608′280 14.30 74.11

Runner A 640′035 601′760 33.16 86.87
Runner B 895′158 839′808 24.32 62.85

The fluxes at the domain interfaces are computed using a General Grid Interface (GGI)
algorithm and a frozen rotor formulation is used. Boundary conditions are specified in
Table 4. The rotational angular speed values are imposed on the rotating domains.

Table 4. Definition of boundary conditions.

Boundary Condition

Inlet Mass flow rate
Outlet Outlet with average static pressure

Solid walls Smooth no-slip wall
Interface 1/2/3 Frozen Rotor, GGI
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3.2.2. Definitions for the Numerical Simulations Analysis

Since the leakage flow is not considered in the CFD simulations, the relation Q = Qt

applies, see Figure 6. Thus the meridional flow velocity in the runner flow section is:

Cm =
4 Q

π (Ds
2 − Dh

2)
(6)

The discharge coefficients are then defined by means of the peripheral runner velocity
amplitude at the shroud diameter:

ϕ =
Cm

UA,s
(7)

ϕA = ϕ ϕB =
Cm

UB,s
(8)

The simulated specific energies of the different turbine domains correspond to
Equation (1), denoting the domain’s high and low pressure reference sections as Ai and Aī,
respectively. The position of the reference sections used for the different simulated specific
energy values are defined in Table 5 and Figure 7.

Table 5. Reference sections for the specific energy computations.

Variable Section Ai Section Aī

E Inlet Outlet
EA Interface 1 Interface 2
EB Interface 2 Interface 3

EAB Interface 1 Interface 3

Then, the different energy coefficients are computed by means of the corresponding
specific energy and the peripheral runner velocity at the shroud diameter:

ψ =
2 E

UA,s
2 (9)

ψA =
2 EA

UA,s
2 ψB =

2 EB

UB,s
2 (10)

The energy efficiency values are then calculated with the simulated torque T acting
on the runner walls, composed of the blade, hub and shroud boundaries:

ηe =
TA ωA + TB ωB

ρ Q E
(11)

ηe,A =
TA ωA

ρ Q EA
ηe,B =

TB ωB

ρ Q EB
(12)

The design of experiment for the numerical simulations was established with respect
to the nominal theoretical discharge coefficient and the speed ratio, as pointed out in
Figure 8. To investigate potential Reynolds effects, the same set of points was simulated
once close to the lower rotational speed limit and once close to the upper rotational
speed limit.
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Figure 8. Design of experiment for the numerical simulations.

3.3. Laboratory Hydraulic Performance Tests

3.3.1. Experimental Setup

To perform tests of small scale turbines, pumps and other hydraulic components,
HES-SO Valais-Wallis employs a hydraulic test rig, detailed in [36]. The DuoTurbo product
prototype was installed on the test rig for performance measurements of the complete
operating range. The testing section with the experimental setup for the DuoTurbo charac-
terization is shown in Figure 9. The experimental hydraulic layout with two parallel PRV’s
corresponds to the one implemented at the pilot facility (compare to Figures 2 and 10). This
setup also enables analyzing the transient interactions between the PRV’s and the turbine.
The transient measurements are not part of this publication.

Figure 9. Experimental setup on the hydraulic test rig of HES-SO Valais-Wallis. (a) DuoTurbo
turbine (b) Electrical cabinet (c) Control interface (d) Precision electrical multimeter (e) Bypass PRV
(f) Turbine branch PRV.

Three parallel recirculating multistage centrifugal pumps with variable speed supply
the test circuit with fresh water from a main reservoir. The meanwhile upgraded total
pumping power of 42.5 kW delivers a maximum discharge of 130 m3/h and a maximum
pressure of 16 bar. Using a pressurized downstream reservoir, the setting level of the testing
model can be adjusted to investigate cavitation phenomena. The test rig is controlled
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through a customized LabView© interface, whereby either the rotational speed of the
pumps, the head on the testing model or the discharge can be regulated. The measurements
and the control of the test rig are managed by a wireless data communication structure.

Figure 10. Installation scheme of the DuoTurbo pilot.

3.3.2. Testing Methodology

The instruments used to recover the hydraulic performances of the testing model
(detailed in [22]) involve briefly an electromagnetic flowmeter used to recover the discharge
and a differential pressure transducer for the testing head. Further, the electrical power
and the runner rotational speed values are measured with a precision electrical multimeter.
The characteristics of the main measurement instruments are presented in Table 6.

Table 6. Main characteristics of the laboratory measurement equipment.

Sensor Type Measured Quantity Range Accuracy

Electromagnetic
flowmeter Discharge 8–280 m3/h ±0.2%

Differential pressure
sensor Head 0–16 bar ±0.1%

Rotational speed 0–50 kHz ±0.025%
Precision electrical

multimeter Electrical power
0–32 Atrms ±0.025%

0–1000 Vtrms ±0.025%

A static testing methodology is applied, performing measurements at several constant
testing heads between 10 m and 80 m. Sets of operating points covering the ωA − ωB

plane were statically measured for each head, implying rotational speeds from 750 to
3500 1/min. The experimentally determined specific energy Eexp is based on the static
pressure difference between the inlet and outlet pipelines, see Equation (13) at comparable
positions to the inlet and outlet boundaries of the CFD model. Since the swirl velocity at
the low pressure side is undetermined and therefore not taken into account for the head
calculation, a deviation between the measured and simulated specific energy values is
possible. However, this deviation only becomes important for significant swirls at severe
off-design conditions.

Eexp =
pI − p Ī

ρ
ψexp =

2 Eexp

UA,s
2 (13)
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Consequently, the measured hydroelectric efficiency ηh−el is defined as:

ηh−el =
Pel

ρ Q Eexp
(14)

Further, the experimentally extracted discharge coefficient ϕexp deviates slightly from
the simulated term, since the measured discharge includes the leakage discharge Ql :

ϕexp =
4 Q

UA,s
2 π (Ds

2 − Dh
2)

=
4 (Qt + Ql)

UA,s
2 π (Ds

2 − Dh
2)

(15)

To estimate the volumetric losses, particular tests with sealed runner blade passages
were carried out during the laboratory prototype investigations, forcing the discharge to
pass trough the labyrinth seals. In this experimental configuration, the leakage discharge
as function of the static pressure difference on the labyrinths could be characterized.

3.4. Pilot Endurance and Performance Tests

3.4.1. Hydraulic Scheme and Monitoring Equipment

Endurance tests are crucial to evaluate degradation and reliability of the developed
system under real operating conditions. For this purpose, a DuoTurbo pilot is installed at a
pressure reducing station situated in the drinking water network of Savièse, VS Switzerland.
The pressure reducing station is located between two drinking water reservoirs with an
available altitude difference of about 190 m to the upstream free surface. The discharge
in the hydraulic network is ruled by the level of the downstream reservoir that varies
as function of the water demand in the underlying distribution network. The resulting
consumption driven operating mode is typical for drinking water supply systems. The
hydraulic scheme of the DuoTurbo pilot, along with the main hydroelectric elements and
instrumentation, is shown in Figure 10.

The hydraulic layout with two parallel PRV’s corresponds to the one tested in the
laboratory framework. To recover the hydraulic variables, two flow meters (FM1 and FM2)
and four pressure sensors (PS1–PS4) are used. For security reasons, a solenoid valve (EV1)
is placed upstream the hydraulic machine, to fully isolate the turbine branch in case of
a severe leakage flow. Thus, a water detector (LD1) needed to be installed to initiate the
closure of the solenoid valve. Leakage may occur due to a rupture of the polymer tube
in the generator gap or due to advanced wear of the mechanical seals. The mechanical
behavior is supervised by a vibration sensor, placed on the housing of the turbine. Electrical
parameters are recovered from the variable frequency drives and an electricity meter at the
grid connection of the pressure reducing station. A list with specifications of the principal
hydro-mechanical sensors is provided in Table 7. An illustration of the DuoTurbo pilot
is provided in Figure 11. The installation is controlled and supervised by remote via a
GSM antenna.

Table 7. Main hydromechanical instrumentation of the DuoTurbo pilot.

Pos. Identifier Sensor Type Measured Quantity Range Accuracy

a VS1 Vibration Housing acceleration −245–245 m/s2 ±0.2%
b PS2 Abs. pressure Turbine outlet pressure 0–20 bar ±0.15%
c PS1 Abs. pressure Turbine inlet pressure 0–20 bar ±0.15%
d PS4 Rel. pressure PRV1 outlet pressure 0–30 bar ±0.1%
e PS3 Rel. pressure PRV1 inlet pressure 0–30 bar ±0.1%
f FM1 Flowmeter Bypass discharge 3–75 L/s ±2%
g FM2 Flowmeter Total discharge −147–147 L/s ±0.2%
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Figure 11. Installed DuoTurbo pilot in a drinking water supply network at Savièse (VS Switzerland).
The positions (a–g) refer to the instrumentation list given in Table 7.

3.4.2. Pilot Measurement Definitions

The total specific energy Etot theoretically available for electricity generation is defined
by the static pressure difference between the inlet and outlet hydraulic junctions of the
pressure reducing station and is, inter alia, governed by the setting levels of the PRVs.
Neglecting the specific energy losses of the elbows, T-junctions and manual valves, the
total specific energy is actually approximated as follows (compare to Figure 10):

Etot ≈ EPRV1 =
pPS3 − pPS4

ρ
(16)

Neglecting the residual outlet swirl of the hydraulic machine, according to the labora-
tory testing methodology, the specific energy extracted by the turbine Eturb is calculated
as follows:

Eturb =
pPS1 − pPS2

ρ
(17)

The residual head on PRV2 that is significant during part load conditions, is inevitably
dissipated. Again, assuming negligible head losses in the piping and valves, the head on
PRV2 is approximated as:

EPRV2 ≈ pPS2 − pPS4

ρ
(18)

Finally, the following obvious equilibrium applies for any operating point:

Etot ≈ Eturb + EPRV2 (19)

The accumulated hydraulic energy released from the hydraulic circuit by the micro-
turbine is specified as:

Wh = ρ
∫ t1

t0

Eturb(t) Qturb(t) dt (20)
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The accumulated energy recovered by the electrical generators is:

Wel =
∫ t1

t0

Pel(t) dt (21)

Considering the auto-consumption of all electronic components like drives, controllers,
sensors and solenoid valves yields the net electrical energy Wel,net injected to the grid.

4. Results
4.1. CFD Simulation Results

A graphical representation of computed instantaneous relative velocity streamlines
at nominal operating conditions is given in Figure 12. The color scale W∗ indicates the
ratio between the local relative flow velocity amplitude W and the average meridional flow
velocity CmI at the circular high pressure reference section of the computational domain.
Detailed results of the shown nominal operating point, as well as the maximum power
point of the product prototype, are provided in Table 8. For both cases, the speed ratio is
1. One may notice that relatively low specific speed values (see Equation (22)) of about
16 are targeted to match the pilot drinking water facility’s characteristics. From [37] one
may deduce typical specific speeds of 135–320 for axial flow turbines, 50–150 for semi-axial
flow turbines and 10–50 for radial flow turbines. Since the DuoTurbo turbine remains a
purely axial flow machine, the low specific speed values seem rather unfavorable for the
turbine’s performance. Nevertheless, very acceptable energy efficiencies above 80% could
be found by the CFD simulations. This result may indicate that double rotor axial designs
have increased capabilities of handling low specific speed conditions compared to single
rotor axial designs. Thus, it can be stated that the design range of a DuoTurbo turbine
is considerable.

nq = n[1/min](Q[m3/s])0.5(H[m])−0.75 (22)

Figure 12. Instantaneous relative velocity streamlines for Q = 9 L/s, nA = 2250 min−1 and α = 1.

Table 8. Simulation results for nominal conditions and maximum power.

Q E EA EB Ph Pt ηe nq

[L/s] [J/kg] [J/kg] [J/kg] [W] [W] [-] [-]

9 302 151 144 2′712 2′239 0.83 16.3
14 727 363 348 10′162 8′509 0.84 16.4

The simulated energy efficiency and energy coefficient of runner A as function of its
discharge coefficient are provided in Figure 13a. The three colors represent different values
of the speed ratio α and the two symbols indicate the low and high rotational speed regimes
close to the lower and upper speed limits of the generators. Since the inlet flow remains
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always axial for the front runner, the efficiency and energy coefficient curves remain similar
for variable speed ratios. Nevertheless, a slight effect of α on the first runner’s efficiency
close to BEP conditions is observed, thus, an impact of the rear runner’s inlet flow condition
on the front runner’s outlet flow condition can be anticipated. This influence is observed
only when the speed ratio is decreased (red curve where α = 0.5), causing a decrease of
about 2% of the energy efficiency around BEP conditions. In the high velocity regime with
increased Reynolds numbers, the energy efficiency of the front runner is increased by about
2% compared to the low velocity regime, regardless the speed ratio.

In Figure 13b, the simulated energy efficiency and hydraulic characteristics of runner
B are presented. One can observe a strong effect of the speed ratio on the rear runner’s
energy efficiency and energy coefficient. Indeed, the second runner’s inlet flow is strongly
coupled to the first runner’s rotational speed. Consequently, clearly distinct characteristics
curves are observed for each speed ratio. The maximum simulated energy efficiency of
the second runner is about 10% higher compared to the first runner. Moreover, increasing
the speed ratio tends to decrease the second runner’s peak efficiency. It can further be
observed that the efficiency curves decay more rapidly out of BEP conditions compared to
the first runner’s results, whereas the variation of the speed ratio counteracts the efficiency
decrease importantly.

(a) Runner A. (b) Runner B.

(c) Runner A and runner B. (d) Complete numerical domain.

Figure 13. Simulated energy efficiency and ϕ − ψ characteristics.

In Figure 13c, the numerical results referring to the two runner’s entity are presented.
It can be observed that the variation of the speed ratio prevents a significant drop of
efficiency for changing flow conditions. Thus, the variation of α significantly increases
the operating range and the flexibility of the turbine. The envelope formed by the three
efficiency curves resembles to the one of the rear runner presented in Figure 13a. Thereby
it must be noticed that the kinetic energy at the outlet of the front runner would not be
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recovered without the rear runner. It would therefore be misleading to conclude that
comparable performances can be achieved with a single vaneless runner regarding the
extraction of hydraulic energy. The current hydraulic design shows only a slight change of
the hydraulic characteristic curves as function of the speed ratio that indicates, in some
way, the limitations of a fixed geometry design in terms of flexibility. For example, the
ϕ−ψ representation of a Francis turbine with adjustable guide vanes would typically show
distinct characteristics curves for each opening value, comparable to Figure 13b (right).

Finally, in Figure 13d, the results obtained from the total numerical domain between
the inlet and outlet reference sections are presented. In contrast to Figure 13c, the two
stator domains are included, each one featured with 4 axially aligned stay vanes to support
the turbine hub. Obviously, the outlet stator is expected to interact with the flow when a
residual swirl is exiting the rear runner. Indeed, the axial realignment of the flow by the
outlet stator slightly modifies the energy coefficient curves at high discharge coefficients.
The three curves are almost perfectly matching regardless the speed ratio. Additionally, a
slight decrease of efficiency occurs due to the additional head losses in the stator domains.
For all numerical results, a slight Reynolds effect is observable, leading to an increase of
the energy efficiencies in the order of 2–3% at the high rotational speed regime, thus, at the
high power regime.

4.2. Laboratory Test Results

According to the testing strategy, operating points covering the ωA − ωB plane are
captured for each constant testing head. Correspondingly, for each measured plane, the
electrical power and the discharge are interpolated. Using these interpolation surfaces, the
maximum electrical power as function of the discharge can be deduced for each head value.
The resulting curves are then used to construct a global hill chart of maximum electrical
power, provided in Figure 14. The corresponding efficiency values on the maximum
power hill chart are provided in Figure 15. Operating limits are imposed by the admissible
rotational speed and generator torque. It can be expected that the low specific speed of
the current hydraulic design (see Table 8) is causing the rather narrowly shaped operating
band. On both hill charts, the Maximum Power Line (MPL) is indicated that represents the
most beneficial operating conditions in terms of energy output. The MPL is used for the
programming of the rotational speed control algorithm implemented at the pilot facility.
The speed ratio varies from 0.4 to 1.6 inside the presented hill charts. The maximum
specific energy for long term operation is actually limited to 750 J/kg to reduce the risk of
premature wear of the runner bearings. A hydroelectric peak efficiency of 59% is detected
that lets anticipate non-negligible amounts labyrinth leakage, disc friction and mechanical
power losses.
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Figure 14. Measured maximum electrical power hill chart along with the Maximum Power
Line (MPL).

Figure 15. Measured hydroelectric efficiency hill chart at maximum electrical power along with the
Maximum Power Line (MPL).

4.3. Comparison between Laboratory Tests and Numerical Simulations

To validate the CFD based hydraulic design methodology, a comparison between the
numerical and experimental hydraulic characteristics is performed. In contrast, a compari-
son regarding the energy efficiency remains challenging, since a direct measurement of the
transmitted mechanical power (see variable Pt defined in Figure 6) is not possible with
the actual mechanical configuration. Keeping in mind that additional optimization steps
may be justified for a final commercialization, the main objective of the product prototype
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development concentrates on the proof of advanced readiness levels of the technology.
A detailed analysis of the various power losses is therefor not part of the present paper.
The comparison between the simulated and measured correlations between the energy
coefficient and the discharge coefficient for different ranges of the speed ratio are presented
in Figure 16. The absolute errors are calculated according to Equation (23) with respect to
the maximum energy coefficient ψexp = 50.6 contained in the analyzed data set.

ǫabs =
ψsim − ψexp

max(ψexp)
(23)

It should be mentioned that discrepancies in the compared data occur due to the
distinctions between the measured and simulated energy and discharge coefficients. If the
volumetric losses would be captured in the laboratory tests, the experimental characteristic
curves would shift towards the left, resulting in a positive offset of the energy coefficients.
Actually all presented energy coefficients are already greater than the simulated ones, thus
the integration of the volumetric losses would further increase the discrepancies. On the
contrary, the experimental energy coefficient is overestimated if an outlet swirl is present,
which would lead to a better agreement of the compared values. Moreover, the machining
tolerance of the runners as well as surface roughness effects are additional sources of
deviations. The maximum absolute error in the presented data sets is about 8.1% for the
maximum measured energy coefficient value. The error tends to increase with increasing
discharge coefficients that could be related to the limited capability of the steady state flow
model far from BEP conditions. Around the BEP conditions, the observed errors indicate a
quite fair agreement between simulation and laboratory tests, that lets conclude that the
hydraulic design procedure is reasonably reliable.

Figure 16. Comparison between simulated and measured hydraulic characteristics.
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4.4. Pilot Monitoring Results

The following monitoring results were registered between 15 May 2019 and 20 May
2020. During this period of 52 weeks, the DuoTurbo pilot was almost permanently in
operation, without requiring any significant human interventions. The reliability and
functionality of the system under real conditions is therefore demonstrated in operational
environment at pre-commercial state that can be attributed to a technology readiness level
of 7 [38]. At steady flow conditions, the rotational speed of the turbine runners is controlled
through a Maximum Power Point Tracking (MPPT) method [19] to constantly maximize
the generated power. In case of transient flow, a sensorless control loop brings the machine
rapidly back on the MPL illustrated in Figures 14 and 15. This approach is comparable
to the idea of modified affinity laws in hydraulic machines towards the Best Efficiency
Line (BEL) proposed by [39], whereas the BEL and MPL may not coincide depending on
the hydraulic scheme. Indeed, if head reserves are available for a given flow (if a PRV is
operating downstream the turbine), the operating point may be adapted to increase the
head recovered by the turbine. This may lead to an increased power output, not necessarily
respecting the BEL.

The evolution of the specific energies of the turbine, PRV2 and the complete pressure
reducing station as function of the total discharge, along with the relative cumulative
discharge frequency, is pointed out in Figure 17. A time frame of 4 weeks is used for the
head statistics, whereas the discharge data of the whole year is respected to derive the
frequency of the flow rates. The variability of the data within intervals of 1 L/s is used
for the evaluation of the sample standard deviation s. Exceeding a threshold of 5.5 L/s,
the turbine start-up is initiated and the turbine branch is opened, see point (a). Falling
below 5 L/s, the turbine branch is closed and the turbine is put to standby mode. At point
(b), that corresponds to the maximum admissible discharge of the machine, the turbine
head and the total net head tend to cross. In this situation the turbine branch PRV is no
longer able to maintain the adjusted pressure level at the outlet of the station. Therefore,
the bypass PRV will gradually open if the discharge increases further. It can be observed
that the residual head loss of PRV2 reduces the potential output power of the turbine in the
discharge range above point (b). From Figure 17 one can further deduce that about 10% of
the flow rates are below point (a) which do not contribute to the energy production. About
83% of the flow rates are situated between point (a) and point (b) and about 7% of the flow
rates exceed the maximum discharge capacity of the machine at point (b).

The maximum and average vibration velocity amplitudes v̂v for weekly measurement
periods as function of the elapsed operating time top are presented in Figure 18 (left). The
intensity of vibration is directly related to the rotational speed, as shown in Figure 18 (right).
An eigenmode of the structure is excited around na = 2000 min−1. The alarm threshold for
the temporary vibration amplitude is fixed at 2 mm/s. After about 3400 h of operation, a
decrease of the vibration intensity can be observed. This is due to the decrease of discharge
during the winter period resulting in a shift of the rotational speed range.
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Figure 17. Monitored behavior of the specific energy of the pressure reducing station, the Duo-
Turbo turbine and PRV2 as function of the total discharge, along with the relative cumulative
discharge frequency.

Figure 18. Pilot vibration monitoring. Weekly maximum and average vibration velocity amplitudes
(left) and example of the vibration variation during one week (right).

In contrast to the laboratory tests, the monitored hydroelectric efficiency seems to
decrease towards the maximum power levels, as pointed out in Figure 19 (right). This is
probably due to a misjudgment of the turbine discharge close to the opening point of the
bypass, since the bypass flow meter is not reliable for small discharge values. In Figure 19
(left), the trend of the weekly hydroelectric efficiency statistics inside the hydraulic power
range between 7 kW and 8 kW is shown. Mean values fluctuate within a range of about
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7%, whereas, no systematic drift can be observed. It is therefore assumed that no important
degradation of the runner blades or labyrinth seals has developed so far.

Figure 19. Efficiency monitoring of the DuoTurbo pilot. Weekly statistics for a fixed power interval
(left) and example of a weekly efficiency variation as function of the hydraulic power (right).

The evolution of the different accumulated energies of the DuoTurbo pilot are pre-
sented in Figure 20. The meteorological seasons are indicated by colors. The drop of
discharge at the end of autumn is significant and consequently the production rate is quite
low during winter. About 13 MWh of injected electrical energy are counted during the
pilot’s first year of operation. The registered hydraulic energy exploited by the turbine
corresponds to 27 MWh. The average injected electrical power is 1.88 kW with an average
overall system efficiency of 48% (water to wire).

Figure 20. Monitored accumulated energies and weekly discharge average of the DuoTurbo pilot.
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5. Conclusions

The drinking water industry hides a considerable hydraulic energy potential that
remains mostly unexploited for gross capacities of a few kW. In this context, the DuoTurbo
research project was initiated to provide a complementary solution for energetic exploita-
tion of drinking water networks in the power range between 5 kW and 25 kW. A new
hydroelectric system with a counter-rotating microturbine is developed and installed for
long term tests at a drinking water facility. The counter-rotating architecture with particular
variable speed rim generators enables a compact design, reaching relatively high specific
energy values with extended operational flexibility compared to single degree of freedom
solutions. The present study provides an overview of the different technical concepts
and methodologies applied for the development of a product prototype with advanced
technology readiness level. The particular double rotor hydraulic design is developed
and characterized by steady state CFD RANS simulations. The numerical investigations
point out the significance of the speed ratio of the system that allows for an extension
of the high efficiency range facing important variations of the discharge coefficient. No
significant offsets between the characteristic lines of each simulated speed ratio in the
ϕ − ψ plane are observed considering the complete turbine domain. This result indicates
the limitations on hydraulic flexibility of a fixed geometry hydraulic concept. Despite
the currently very low specific speed value of about 16, an energy efficiency greater than
83% could numerically be revealed. This indicates an increased capability of double rotor
axial designs handling low specific speed regimes compared to single rotor solutions.
The specific speed range of the DuoTurbo turbine could be increased to more than 135
according to typical axial flow designs. Thus, the design range of the DuoTurbo turbine
is considerable. In a complementary development step, advanced laboratory tests are
performed on a hydraulic test rig to validate the design methodology and to reveal the
final characteristics of the product prototype. The tests are conducted at several constant
heads between 10 m and 80 m while varying the rotational speeds of each runner to capture
the entire characteristics and hydroelectric efficiency of the system. A peak hydroelectric
efficiency of 59% is measured that lets estimate a still relatively high amount of power
losses from labyrinth leakage flow, disc friction and mechanical friction. The measured
energy coefficients and discharge coefficients are then compared to the steady state RANS
simulation results, showing a maximum absolute error of almost 8% in the high energy co-
efficient range, but displaying fair agreements close to BEP conditions with absolute errors
widely far below 5%. The hydraulic design procedure is therefore considered reasonably
accurate. For the final step of the system validation, a DuoTurbo pilot was commissioned
in May 2019 at a pressure reducing station of a drinking water supply network. A complete
year of operation counting more than 6′890 operating hours is monitored that confirms
the functioning, stability and reliability of the system to a large extend. The vibration
level on the turbine housing as well as the hydroelectric efficiency do not show significant
deviation trends during the long-term endurance testing. The demonstration of the system
in operational environment at pre-commercial state is validated that can be attributed to
a technology readiness level of 7. This state includes briefly the in-field operation of the
demonstrator adaptable to different operational environments and the verification of the
expected efficiency and system stability under long-term real-time operational conditions.
The present work demonstrates the technological capability of a counter-rotating micro
turbine to recover hydraulic energy from existing water facilities in the power range of a
few kW. Subsequent to the endurance tests, research on the required commercialization
steps to transform the DuoTurbo concept into a viable MHP solution would typically be
addressed. The further steps would also require the broadening and fine tuning of the
hydraulic, mechanical and electrical designs along with system scaling considerations in
order to target a wide range of potential drinking water networks.
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Abstract: The utilization of pump as turbines (PATs) within water distribution systems for energy
regulation and hydroelectricity generation purposes has increasingly attracted the energy field
players’ attention. However, its power production efficiency still faces difficulties due to PAT’s lack
of flow control ability in such dynamic systems. This has eventually led to the introduction of the
so-called “variable operating strategy” or VOS, where the impeller rotational speed may be controlled
to satisfy the system-required flow conditions. Taking from these grounds, this study numerically
investigates PAT eventual flow structures formation mechanism, especially when subjected to varying
impeller rotational speed. CFD-backed numerical simulations were conducted on PAT flow under
four operating conditions (1.00 QBEP, 0.82 QBEP, 0.74 QBEP, and 0.55 QBEP), considering five impeller
rotational speeds (110 rpm, 130 rpm, 150 rpm, 170 rpm, and 190 rpm). Study results have shown
that both PAT’s flow and pressure fields deteriorate with the machine influx decrease, where the
impeller rotational speed increase is found to alleviate PAT pressure pulsation levels under high-flow
operating conditions, while it worsens them under part-load conditions. This study’s results add
value to a thorough understanding of PAT flow dynamics, which, in a long run, contributes to the
solution of the so-far existent technical issues.

Keywords: flow dynamics; numerical simulation; pressure pulsation; pump as turbine; rota-
tional speed

1. Introduction

The use of fossil fuels as main energy sources goes with a number of shortfalls,
environmental disruption, and possible reserves for depletion, among others [1]. Fossil
fuels are linked to the widely condemned greenhouse gas emission, i.e., gases which are
believed to be at the source of climate change and other detrimental effects [2]. Of course,
the non-renewable nature of fossil fuels itself poses a threat of resources exhaustion in
the near or far future [3]. With the international will on reducing the CO2 emissions,
renewable energy sources (REN) have been advocated, and countries have taken action to
not only involve RENs in their power systems, but to continue increasing RENs annual
productions [4,5]. Among the so far available RENs, hydropower is one of the most
mature REN technologies that dominates the market with a multitude of hydrosites already
expanding the whole world over [6,7]. Hydropower technology is linked to different
advantages when compared to other REN technologies, including their huge energy storage
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ability and operational flexibility, among others. Depending on different aspects, the
targeted production and site-available potential among others, hydropower technology
exploits natural waters from all sorts, such as seas, lakes, rivers, and estuaries. This also
somehow leads to the classification of hydrosites as large- or small-scale hydrosites [8].
While large hydropower plants are generally known to feed large-size power grids such as
the national or even international grids, small hydropower is mostly used under off-grid
operational mode, contributing to the electrification of rural areas which not only provides
electric lighting for households but also contributes to other economic activities such as the
agricultural irrigation [9–11].

With the continued research on hydropower development, water supply and irrigation
systems have been found to be another alternative for hydropower production on small
scales [12]. In these systems, water flows continuously, thus presenting a stable hydropower
potential. Besides, system excess energy in terms of pressure is usually wasted through
pressure-reducing valves (PRVs) to avoid water leakages [13]. The installation of hydraulic
turbines in these networks not only replaces the formerly utilized valves in regulating the
system’s energy levels but also uses that same energy to produce usable electric power [14–17].

Now, as also mentioned by different investigators, for small-scale hydropower (SHP)
projects, the initial installation budget is the most expensive as the electromechanical
equipment takes up a considerably high percentage of the total investments, in the range
from 35% to 40% or even beyond [18,19]. In line with this, the utilization of normal
hydraulic pumps in reverse mode, as an economic alternative to SHP installation budget,
has recently attracted the attention of many REN field players [20,21]. In addition to its
cost-effectiveness, pump as turbines (PATs) present different advantages over comparable
mini-scale hydroturbines, including the easy availability of the machine itself and spare
parts, structural simplicity, easy maneuverability, short delivery time, and a long life
span [22,23].

Nevertheless, PAT technology has also shown different shortfalls. Among others,
the so far controversial conversion of pump-mode performance characteristics to turbine
mode is the most researched, where the so far available analytical conversion methods
present errors in the range of ±20% [24]. Scientific research on this matter still goes on as
of today. For more about PAT turbine mode performance predictions, review articles by
Jain et al. [24], Elbatran et al. [25], Adu et al. [26], and Ntiri et al. [27] are recommended.

Another problem about PAT technology resides in its structural design that does not
necessarily meet the energy production requirements. This aspect itself plays a big role
in the above-mentioned difficulty in PAT’s turbine mode performance prediction. To be
more specific, the pump impeller blades are curved in the opposite direction of its rotation
(backward). This blade design becomes forward-curved when the flow direction changes
in turbine mode, thus serving the source to large flow separations and associated hydraulic
losses as a result of flow impingement on the blade’s pressure side in the vicinities of
its leading edge. In addition, hydraulic pumps are not necessarily provided with flow
control mechanism. Therefore, the machine is unable to regulate the flow rate or the water
flow incidence angle to satisfy the demanded operating conditions. This also explains its
inability to handle off-design operating conditions. Therefore, PATs have been found to
optimally function in a tiny range of flows around the best efficiency point (BEP), while
they operate poorly under off-design conditions [28]. This constitutes one of the biggest
shortfalls of PAT technology and has attracted the attention of many researchers, mainly
targeting the understanding of PAT flow dynamics and subsequently attempting to widen
its optimum operating range. Among the recently published findings, one would cite a
study conducted by Štefan et al. [29] on PAT internal flow field under both pump and
turbine modes. In total agreement with the literature, the turbine mode was found to
attain its BEP under a higher head and flow rate, as compared to the pumping mode (41%
and 27%, respectively), while the efficiency was slightly lower (ηT = 0.96 ηP). Moreover,
a steep drop on the PAT efficiency curve has been noticed for deep part-load operating
conditions, supposedly owing to the intensification of swirling flows within the PAT’s
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outlet pipe. Based on the fact that, for fluid machinery, adverse flow phenomena mostly
occurring under unstable conditions led to increased energy loss rates, Lin et al. [30] has
used the entropy dissipation theory to study PAT operating characteristics under off-design
operating conditions. As expected, unsteady flow phenomena such as the backflows, shock
flows, and vortical flows, have inflicted higher entropy and energy dissipation, where
flow zones with the highest energy losses have been pointed out as the vicinities of the
blade leading edge, the cavity zone (impeller’s back and front chambers), and volute throat.
In the same respect, Guan et al. [31] and Morabito et al. [32] found that the position and
geometry of the volute throat may influence the machine energy loss characteristics and its
efficiency.

More studies have also been conducted to try and decrease PAT hydraulic losses
through different technics, geometry modification, and optimization, among others. To say
the least, Ghorani et al. [33,34], after finding that irreversible hydraulic losses associated
with flow shock at the blade leading edge and other secondary flow phenomena such as
backflow and vortices take place within PAT flow zones, have opted to optimizing the
PAT impeller geometry, leading to substantial reduction in the above-stated unsteady flow
phenomena and a corresponding increase in the machine hydraulic efficiency for different
operating conditions (3.8% and 5.72% for QBEP and 1.3 QBEP flow conditions, respectively).
In the same respect, Wang et al. [35] mentioned that one of most cost-effective ways to
improve PAT’s turbine mode performance would be by redesigning its blade geometry
without touching other components. Therefore, they designed a special impeller with
forward-swept blades and compared its performance with the original back-swept bladed
one. The special impeller, owing to the associated considerable reduction in impeller
hydraulic and shock losses, exhibited a flatter efficiency-flow rate curve (η-Q curve), thus
promising a larger range of optimum operating conditions around the BEP (1.5% efficiency
variation for flow conditions within the range from 0.9 QBEP to 1.2 QBEP). Moreover, a 7.9%
increase in the maximum attainable efficiency was achieved, thus confirming the special
impeller’s superiority over the original one. In the same respect, Sengpanich et al. [36]
proposed “an impulse pump-as-turbine” using an injector as a flow control mechanism.
This technique also assured a continuously high efficiency for a wide range of flows.

Coming back to the application of PAT technology in water distribution networks
(WDNs), different studies have so far been carried out [25,37–40], which concern the above-
discussed PAT technology-associated problems. Consequently, the current technology
readiness level (TRL) for PAT technology is estimated at TRL−4 [41,42]. The utilization
of PATs in WDNs must consider the variability of pressure and flow rate as imposed by
the system, due to the instantaneity in water demands [43–45]. In this respect, Carraveta
et al. [46–48] have developed a so-called “variable operating strategy” or VOS, with the aim
of efficiently using PAT technology to regulate the WDN energy. This strategy consists of
two distinct regulation methods, namely hydraulic regulation (HR) and electric regulation
(ER), though they can also be combined to give new regulation features. The HR method
consists of the usage of PAT in a series-parallel circuit with PRVs where the system energy
regulation is mainly achieved by just acting on the utilized PRVs. The valve in series with
PAT is used to dissipate the surplus energy leading to a lower system flow as compared
to PAT’s BEP flow (QS < QT), while the valve in parallel with PAT bypasses a quantity
of flow thus shifting the system operating point to higher flows (QS > QT). As for the
ER method, an electric inverter is used to regulate the impeller rotational speed (IRS)
where, for instance, one would increase the IRS to shift the system operating point to
lower flows, or decrease it to obtain the system operating point to higher flow conditions.
In this method, however, owing to a comparatively narrow range of system operating
conditions between the runaway (T = 0 Nm) and resistance (RRS = 0 rpm) characteristic
curves, high IRS values may lead to a system operating point where the runner rotational
speed is close to the runaway value, possibly causing PAT’s poor performance. To avoid
this situation, a series-PRV can be used to shift the IRS to lower values, while respecting
the system-required operating point. VOS functionality discussions and applications have
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been presented through a number of studies by Fecarrota et al. [49] and Stefanizzi et al. [41],
among others.

Specifically, the utilization of variable-speed PATs in WDNs as a means to control
the flow while keeping a good system operational efficiency has so far been researched
by different authors, including Delgado et al. [50], Lima et al. [51], and Tahani et al. [52],
among others. In most of these studies, the main focus has been the optimization of
selection, position, and utilization of variable-speed PATs, targeting the improved WDN
energy regulation and efficient energy recovery. On the other hand, a few more studies
have been conducted on the effect of PAT speed variation, but considering its application
to normal hydropower production within small-scale hydroelectric plants, where the
machine external performance characteristics have been the focus [53,54]. What is also
worth mentioning is a study on the effect of PAT rotational speed variation on tip leakage
vortex (TLV) dynamics under pump mode, as conducted by Han et al. [55], where the TLV
was found to worsen with an increase in PAT impeller rotational speed. To the authors’
best knowledge; literature is so far quite limited on the impact of impeller rotational speed
variation on PAT flow dynamics under turbine operating mode.

Therefore, by targeting a thorough understanding of PAT flow dynamics under these
circumstances, especially considering PAT’s off-design operating conditions, the present ar-
ticle presents a numerical investigation on the formation mechanism of PAT flow structures,
and the effect of impeller rotational speed variation on the same. CFD-backed numerical
simulations have been conducted on PAT’s 3D turbulent flow under optimal condition
and three part-load conditions (1.00 QBEP, 0.82 QBEP, 0.74 QBEP, and 0.55 QBEP), where five
impeller rotating speeds, namely 110 rpm, 130 rpm, 150 rpm, 170 rpm, and 190 rpm, were
considered.

The investigated model is a mixed flow PAT with a three-bladed impeller and a flow
control system of seven guide vanes. This article is composed of three main sections.
Section 1 provides an extensive background on PAT technology and the associated techno-
scientific issues, as well as the so far attained level of knowledge. Section 2 describes both
the investigated case and utilized methods. Section 3 provides a thorough discussion on
the present study’s findings, which finally led to a number of concluding remarks.

2. Materials and Methods

In order to achieve this study’s objective, a roadmap was designated and followed,
as shown by the flowchart in Figure 1. The PAT prototype was first experimentally tested
under various operating conditions to finally obtain the pump as turbine’s external perfor-
mance characteristics in terms of Head (H) and Efficiency (η).

 

−

Figure 1. Study roadmap.
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Then, a PAT geometrical model was built, from which a predominantly hexahedral
computational grid was later generated. The resultant grid was taken to ANSYS CFX-Solver
(developed by Ansys, Inc., an American company based in Canonsburg, Pennsylvania)
for PAT flow simulation under various operating conditions, as also mentioned in the last
sections of the article.

During simulation, the experimental test-extracted data were used as system boundary
conditions, and the utilized numerical scheme validation was later performed by comparing
experimental and numerical simulation results. Finally, farther study results in terms of
machine flow and pressure field characteristics with gradually changing machine influx (Q)
and impeller rational speed (n) were extracted, and deeply analyzed, leading to a number
of concluding remarks.

2.1. PAT Geometry

The research object of this study is a mixed-flow pump as turbine (PAT) composed
of four main components, namely the inlet pipe (IP), the impeller, the guide vanes (GV)
zone, and the outlet pipe (OP). The impeller had 3 blades (ZR = 3) while the guide vanes
zone was composed of 7 guide vanes (ZG = 7). Both the inlet and outlet pipes were split
type tubes. The model’s specific speed (NQ) was 163.9 min−1. The impeller diameter
was 320 mm, while its outlet diameter was 300 mm. The guide vanes inlet diameter was
350 mm, and there was no existent blade tip clearance. A corresponding computational
domain was built and simulated using Unigraphix NX8.0 (owned by Siemens PLM, an
American company based in Plano, TX, USA) and Ansys CFX softwares, respectively.
Figure 2 shows the utilized PAT computational domain and its components.

−

 

Figure 2. PAT computational domain and components.

2.2. Grid Generation

Grid generation constitutes one of very important phases of the numerical simulation
process. The generated grid’s quality is a very crucial parameter, as it plays a fundamental
role on different aspects, numerical solution convergence, and accuracy within numerical
simulation results, among others. Therefore, great attention is always paid to this phase.
Depending on different factors such as the geometry complexity or the nature of simulated
system’s operations, grid characteristics can be varied at different flow zones.

For the case of an axial-flow PAT, which is this study’s case, flow separations are
likely to take place in rotating parts and the adjacent flow zones. Therefore, for the sake of
accurately capturing the flow dynamics at those zones, a finer grid was created around
the impeller blades and guide vanes, leading to a global y+ value less than 50. Ansys
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ICEM software was used to generate this grid, where the hexahedral mesh type was
utilized for all of the components of the computational domain. In order to avoid the
possibility of numerical simulation results being influenced by the utilized grid number,
a grid independence test was carried out where six different grid numbers ranging from
4 to 8 million were tested. Having been simulated under the same boundary conditions,
different grid numbers have led to different values of PAT’s hydraulic head. Table 1
displays the head variation with the increasing grid number from 4 to 8 million elements.
It can be seen that the head increased with the grid number until 7.2 million, after which the
head value approximately stabilized. Therefore, in line with the available computational
resources, a grid number of 7.2 million was chosen for further transient simulations. Details
of the selected grid are presented in Table 2.

Table 1. Hydraulic head variation with different grid numbers.

Testing
Parameter

Grid No. 1
(3.9 M)

Grid No. 2
(4.63 M)

Grid No. 3
(5.84 M)

Grid No. 4
(7.19 M)

Grid No.5
(7.8 M)

Grid No.6
(8.1 M)

Head (m) 6.3 7.53 8.26 9.2 9.21 9.19

Table 2. Selected grid details for each PAT component.

Grid Details Inlet Pipe Impeller Guide Vanes Outlet Pipe

Grid type Hexahedral Tetrahedral Hexahedral Hexahedral
Grid number (Million) 1.2 2.51 2.17 1.31

Orthogonal Quality (0–1) 0.45 0.32 0.4 0.4
Skewness (0–1) 0.45 0.3 0.4 0.35

2.3. Numerical Simulation Scheme

The water flow that passes through a PAT’s full computational domain is three di-
mensional. This study considers the working fluid as the water at 25 ◦C. It is considered
incompressible, isothermal, and is governed by the Reynolds-averaged Navier-Stokes
equations, otherwise known as RANS. The RANS-associated continuity and momentum
equations are shown in Equations (1) and (2).

Continuity equation:
∂

∂xi
(ρui) = 0 (1)

Momentum equation:

∂

∂t
(ρuj) +

∂

∂xj
(ρujui) = − ∂p

∂xj
+

∂τij

∂xj
+ Sij (2)

In these equations, ui and uj stand for velocity components, τij stand for shear stress, Sij

for the source term, p for pressure, and ρ for density. In this study, the shear stress transport
(SST) computational model was selected for the closure of the RANS equations [56]. This
model combines the advantages of the renowned k-ε and k-ω models [57,58], thus giving it
superiority over both of them. This is due to its ability to deliver high-accuracy predictions
for flow dynamics in the wall vicinities and flow zones away from it, especially when
solving for study cases involving adverse pressure gradients and flow separations [59].
Equations (3)–(5) are the mathematical expressions of SST’s turbulent kinetic energy, its
specific dissipation rate, and the kinematic eddy viscosity, respectively.

∂k

∂t
+ uj

∂k

∂xj
= Pk − β∗kω +

∂

∂xj

[

(ν + σkνT)
∂k

∂xj

]

(3)
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∂ω

∂t
+ uj

∂ω

∂xj
= αS2 − βω2 +

∂

∂xj

[

(ν + σωνT)
∂ω

∂xj

]

+ 2(1 − F1)σω,2
1
ω

∂k

∂xi

∂ω

∂xi
(4)

νT =
a1k

max(a1ω, SF2)
(5)

The 3D numerical simulation of PAT flow under different operating conditions is
conducted using the CFD’s commercial code Ansys CFX 18.0. Simulations were set in
such a way that the water flow entered the computational domain at the inlet zone of the
inlet pipe (see Figure 1), then passed through the guide vanes inter-spaces before whirling
through the impeller inter-blade channels, and flowed down to the outlet pipe to finally
exit the computational domain through the outlet pipe’s outlet zone.

For the sake of a quick solution convergence, steady state numerical simulations were
initially run, where their results files served the initial states for the followed transient
simulations. A constant mass flow (kg s−1) was imposed at the inlet of the computational
domain as the inlet boundary condition, while a gauge pressure (Pa) was selected as the
outlet boundary conditions. Different interfaces were utilized between components of the
computational domain, depending on the location and simulation type. The frozen rotor
interface was used at both ends of the impeller under steady state numerical simulations,
while it was changed to transient rotor-stator interface for transient numerical simulations.
The general grid interface (GGI) was used between the stationary components for both
simulation types. All the remaining solid walls were given a non-slip boundary condition.

The length of a single simulation session was set to ten impeller revolutions, where
the selected timestep (∆t) was equivalent to the impeller’s one degree rotation (1◦), which
therefore means that a single impeller revolution was equivalent to 360 × ∆t. Five internal
loops were selected for each timestep. The solution convergence criteria was chosen
as the root mean square of residuals inferior to 1 × 10−4. For the sake of checking the
trustworthiness of generated simulation results by the above-presented numerical scheme,
experimental and numerical simulation results in terms of machine external performance
characteristics were compared.

Experiments were conducted on a PAT test rig, as shown in Figure 3. In this figure,
the test rig components are shown on the right side, and their respective positions on a
fully assembled PAT system are shown by letters A, B, and C. The test rig had the highest
head (H) and flow rate (Q) of 100 m and 1000 L/s, respectively. The adoptable impeller
speed range was 0 to 1500 rpm, which could accommodate impeller diameters in the range
from 250 to 460 mm.

 

Figure 3. PAT Experimental test rig and components (a) Inlet pipe (b) Shaft casing (c) Outlet pipe.

As shown in Figure 4, a global error of less than 8% and 6.5% for head and efficiency
predictions was recorded, respectively. The overestimation of experimental results by
the utilized numerical scheme is believed to take source for different reasons, including
the computational geometry simplification, among others. Nevertheless, the utilized
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numerical scheme showed the ability to generate reasonably accurate results, thus proving
its trustworthiness.

 

Figure 4. Comparison of test and numerical results.

3. Results
3.1. Flow Field Characteristics Evolution within the Impeller and Guide Vanes

Though the experimental tests were conducted on a wide range of flows, this study
has only considered four operating conditions, namely 1 QBEP, 0.82 QBEP, 0.74 QBEP, and
0.55 QBEP, considering a constant impeller rotational speed of 150 rpm. This was carried
out with a target of investigating the eventual changes in machine flow dynamics for a
gradually decreasing machine influx. To do so, three consecutive and equidistant turbo-
surfaces were selected in the streamwise direction from the impeller inlet to the outlet.

Considering the impeller inlet and outlet positions as 0 and 1, respectively, the 1st plane
(S1) was at 0.2, the 2nd (S2) at 0.5, and the 3rd (S3) at 0.8. Each of the three planes expanded
from the impeller hub to the shroud. During the investigation of local flow parameter,
changes took place as the machine flow rate decreased, and the above-mentioned surfaces
were taken as the reference flow zones within the impeller. In this respect, an attempt was
completed to showcase some of these changes through both Figures 5 and 6.

Figure 5 shows the pressure distribution mode and associated flow pattern within the
impeller flow zone under 0.55 QBEP. In this figure, from left to right, are plane S3 (impeller
outlet vicinal zone), plane S2 (impeller most central zone), and plane S1 (impeller inlet
vicinal zone).

It can be seen that the flow region in the vicinities of the impeller inlet (Plane S1)
was marked by considerably low-pressure zones on the blade pressure side and high-
pressure zones on the blade’s suction side. This, as confirmed by Figure 5b, is linked to
the occurred flow separations on the blade pressure side around the blade leading edge
under this condition. However, low-pressure zones and corresponding flow separations
weakened in the downstream direction. The evolution of local pressure distribution mode,
and associated flow structures as the machine influx decreased, are presented in Figure
6. In this figure, the selected plane is S2 which is, as already mentioned, located in the
impeller’s most central zone (blade mid-length zone). As presented in Figure 6 left side,
high-pressure zones were located on the blade pressure surface (BPS) in the vicinal flow
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zones of the impeller shroud. On the other hand, low-pressure zones were located on each
blade’s suction side (BSS), in the shroud’s vicinal flow zones.

    
 (a) 

 
 (b) 

Figure 5. Impeller flow field characteristics at different planes in the streamwise direction for 0.55 QBEP condition (a)
pressure distribution contours (b) velocity curl-colored flow streamlines.

    

  (a)  

    

  (b)  

Figure 6. Cont.
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  (c)  

    

  (d)  

Figure 6. Evolution of Impeller flow field characteristics (a) 1.00 QBEP (b) 0.82 QBEP (c) 0.74 QBEP and (d) 0.55 QBEP.

With the machine influx decrease from 1.00 QBEP to 0.55 QBEP, local pressure on the
BSS was found to gradually increase, while the BPS pressure correspondingly decreased.
The right side of Figure 6 presents the evolution of velocity-colored flow streams on the
blade’s two surfaces (BPS and BSS). Keeping in mind that the plane in the left hand of
Figure 6 was located in the impeller’s most central zone, the velocity-colored streams
at the same zone showed high and comparatively low speed flows on the BSS and BPS,
respectively. This explains the presence of low- and high-pressure zones on respective
surfaces, as presented in Figure 6 left side. In addition, the level of flow unsteadiness was
found to gradually worsen with the machine influx decrease. Under 0.82 QBEP conditions,
there was an emergence of flow separations within the vicinal flow zones of the blade
leading edge (BLE), especially on the BPS.

Under 0.74 QBEP conditions, the area occupied by BLE flow separations widened up,
especially in the shroud vicinities, and extended towards downstream, eventually reaching
the blade’s mid-length zone. In addition, another vortex flow zone appeared at the blade
trailing edge (BTE) within the hub region and vicinities. Under this condition, the flow
on the BSS also became slightly disturbed, especially in the hug region towards the BTE.
Under 0.55 QBEP conditions, the BLE flow separation became even wider, while the BTE
one almost did not grow. However, flow vortices on the BSS grew far larger, both at the
BLE’s hub region and the BTE’s whole zone from hub to shroud, probably causing the
blockage of the flow passage in the blade’s vicinal zone. It is therefore obvious that the
impeller flow field becomes more and more disturbed with the decreasing machine influx,
where flow separations in form of shock and vortical flows emerge and eventually grow. It
was found that these secondary flow structures are more likely to take place at the impeller
blade’s leading edge and flow zones in the vicinities of the impeller shroud, respectively.

As for the flow characteristics in the guide vanes region, Figure 7 shows the eventual
changes in local flow structures as the machine influx decreased. The left side shows
the velocity-colored streams at different flows. It can be seen that, as is the case with
the impeller flow zone, the guide vanes flow pattern becomes messy when the flow rate
decreases, and where vortical structures are emerge and eventually grow at certain flow
zones, especially the vaneless space zone and the vane pressure side’s shroud vicinities. For
high-flow conditions (1.00 QBEP and 0.82 QBEP), flow vortices in shroud vicinities occupy
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a tiny area (D), while flow wakes (E) formed at the vane’s trailing edge expand to the
vaneless space.

   
 (a) 

   
 (b) 

   
 (c) 

   
 (d) 

Figure 7. Guide vane flow structures evolution for different operating conditions (a) 1 QBEP,
(b) 0.82 QBEP, (c) 0.74 QBEP, and (d) 0.55 QBEP.

Under 0.74 QBEP, there was a new tubular vortex that emerged in the vicinity of the
guide vane trailing edge, expanding spanwise from hub to the shroud side (B). In addition,
another vortex structure appeared near the guide vane’s outlet zone, within the guide vane
shroud region (C). Under deep part-load condition (0.55 QBEP), type C vortex grew even
larger, occupying the flow zones in the layer below, while type B grew bigger and slightly
shifted its location towards upstream zones. In addition, a new and large vortical structure
(A) developed from the guide vane’s leading edge on its suction side, and travelled
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downstream obliquely, finally touching the next vane’s pressure side in the vicinities of its
trailing edge. The Type A vortex occurred mostly within the hub region.

It can therefore be briefly concluded that the guide vane flow pattern deteriorates
with the decreasing flow where most of vortical structures form in the close proximity of
the vaneless space.

3.2. Effect of Impeller Rotational Speed Variation

In line with this study’s main objectives, an effort was also made to investigate the
effect of impeller rotational speed variation on the above discussed PAT flow dynamics
under part-load conditions. In this respect, 0.74 QBEP was selected as the tested part-load
flow condition where five impeller rotational speed ranging from 110 to 190 rpm were
considered. For the sake of investigating the occurred changes in impeller flow field
characteristics as its rotational speed increased, a mid-span plane (Span = 0.5) was taken as
a reference flow zone.

Figure 8 displays the evolution of local pressure distribution within the impeller, as the
impeller rotational speed gradually increased. It is generally found that low-pressure zones
are located on BLE’s pressure side and BSS towards the trailing edge. With a continuously
increasing impeller rotational speed, low-pressure zones grew increasingly larger at both
mentioned zones, leading to a 190 rpm situation where they can then obviously extend to
the draft tube flow zone (adjacent flow zone). In addition, high-pressure zones are found
to be on the BLE’s suction side and continuously enlarge within the increase in impeller
rotational speed.

 

 

Figure 8. Local pressure variation with the impeller rotating speed under 0.74 QBEP flow condition.

In Figure 9, velocity-colored flow streamlines and correspondent turbulence kinetic
energy distribution on the BPS are presented. Having considered a part-load condition
(0.74 QBEP), the above-discussed flow separations were already present for the lowest of
five tested speed values (110 rpm). Those were the BLE’s pressure side shock flow, its
extension downstream in shroud vicinities, and the BTE’s hub vortex. With the increasing
impeller rotational speed, the above-cited vortical structures strengthened and occupied
even wide areas. This aspect is confirmed through Figure 9 right side where the evolution
of BPS turbulence kinetic energy with the increasing speed is presented. It is shown that a
high-BPS turbulence kinetic energy zone was located at the BLE close to the shroud under
110 rpm condition.
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110 rpm 

  

130 rpm 

  

150 rpm 

 

170 rpm 

  

190 rpm 

  
 (a) (b) 

Figure 9. Variation in flow patterns under 0.74 QBEP operating condition (a) BPS velocity-colored
flow streamlines (b) BPS turbulence kinetic energy contours.
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With the increasing rotational speed, this zone gradually widened up in both the
spanwise and streamwise directions, reaching the blade mid-length zone under 190 rpm
condition. It is therefore obvious that, for a PAT already operating under part-load condi-
tions, the increase in impeller rotational speed worsens the level of flow instability.

3.3. Pressure Pulsation Characteristics

In order to study the evolution of pressure pulsation characteristics and its distribution
mode for the above-discussed operating conditions, different flow zones were selected,
at which pressure-monitoring points were positioned. To be more specific, nine pressure
monitors were positioned on the mid-span plane of the inter-blade flow zone, as shown
in Figure 10a. In addition, considering three consecutive span-wise planes from hub to
the shroud, 18 monitors were positioned on the BPS, where each of the planes held six
equidistant monitors expanding from the blade’s leading edge to the trailing edge as shown
in Figure 10b.

 

Figure 10. Pressure monitoring point locations. (a) Inter-blade channel (b) Blade pressure side and (c) Vaneless space.

Six monitors, BP16 to BP11, were located within the shroud’s vicinal zone. The other
six, BP26 to BP21, were positioned on the mid-span plane, and the last six were located in
the hub’s vicinal zone. Finally, 24 equidistant monitors were positioned around the whole
vaneless space between the impeller and the guide vanes as shown in Figure 10c.

Figure 11 shows the pressure pulsation characteristics in the vaneless space zone for
the four investigated flow conditions. The VS pressure pulsation spectra were found to
be dominated by 7 fn component for both BEP and 0.82 QBEP conditions (fn: impeller
rotational frequency).
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(a) (b) 

  

(c) (d) 

Figure 11. Vaneless space pressure pulsation spectra under different flow conditions (a) 1.00 QBEP (b) 0.82 QBEP (c) 0.74 QBEP

and (d) 0.55 QBEP.

Considering the impeller rotational speed of 150 rpm, this component represented
the effect of rotor-stator interaction (RSI), known as the guide vane passing frequency
(GPF = ZG × fn). Under BEP conditions, the VS pressure pulsation spectrum was marked
by GPF as the 1st dominant frequency, followed by a low-frequency component (LFC)
0.17 fn. Moreover, more LFCs, which are multiples of fn, emerged between these two
components (0.17 fn and GPF), adding to GPF harmonics which are considered high-
frequency components. When the machine influx decreased from 1.00 QBEP to 0.82 QBEP,
the above-described components persisted, but their amplitudes considerably increased,
reaching to pulsation amplitude values four times higher.

Considerably remarkable changes in VS pressure pulsation characteristics were again
recorded when the machine flow conditions reached 0.74 QBEP. Under this condition,
unlike the first two conditions, the dominant frequency component shifted to LFC class,
where 5.5 fn serves as the 1st dominant frequency component, followed by 0.64 fn as the
2nd dominant frequency. The RSI-born components are still present but with comparatively
small amplitudes.

It is also worth mentioning that, compared to previous flow conditions, there was a
global increase in pressure pulsation amplitudes, and a multitude of more LFCs emerged.
This corresponds to increased local flow unsteadiness (LFU), as also discussed in the above
sections. Under 0.55 QBEP condition, pulsation characteristics from the precedent flow
condition persisted where, however, pulsation amplitudes continued to grow, and the 1st
dominant frequency shifted to 4.32 fn, which is still classified as the LFC, while 0.66 fn
served the 2nd dominant frequency.
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In brief, the vaneless space pressure pulsation characteristics were found to be con-
sistent with PAT flow dynamics evolution as the machine influx decreased. Under the
first two high flow conditions, PAT flow experienced low-level of unsteadiness. Therefore,
correspondent vaneless space pressure pulsation spectra were dominated by RSI-born
frequency components.

Moreover, the number of LFCs was still low under these two conditions, which means
a low level of local flow instability. On the other hand, the last two low flow conditions
were marked by the dominance of LFCs and the increase in their numbers.

Though the RSI-born components were still present, their amplitudes were com-
paratively very low. This coincides with the increase in local flow unsteadiness under
these conditions, where the impact of RSI on VS pressure pulsation characteristics became
negligible, as compared to that inflicted by local flow instabilities.

In the same respect, an attempt was made to investigate the evolution of pressure
pulsation levels in the vicinities of the impeller blade pressure surface for different flow
conditions, as shown in Figure 12. This was performed using the relative pressure pulsation
coefficient CP, for which the mathematical expression is presented in Equation (6).

CP =
(Pimax − Pimin)

ρgH
(6)

  

(a) (b) 

 
(c) 

Figure 12. Pressure pulsation extent in BPS vicinities at three span-wise planes under different flow conditions (a) Shroud
vicinal zone (b) Mid-span zone and (c) Hub vicinal zone.

In this formula, Pimax, and Pimin, ρ, g, and H stand for the individual point’s maximum
and minimum pressure pulsation amplitudes, fluid density, gravitational acceleration, and
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head, respectively. Figure 12 considers BPS monitoring points as shown in Figure 10b.
In this figure, pressure pulsation amplitudes are found to decrease in the streamwise
direction from the blade’s leading edge (vaneless space vicinities) towards its trailing edge
(impeller outlet zone vicinities).

As also discussed in the above sections, it is also shown that the first two high flow
conditions (1.00 QBEP and 0.82 QBEP) exhibited the lowest of pressure pulsation levels,
while the last two (0.74 QBEP and 0.55 QBEP) were marked by high-pressure pulsation levels.
Generally speaking, BPS pressure pulsation levels worsened with the decrease in machine
flow conditions.

In the next section, an attempt was made to investigate the evolution in pressure
pulsation distribution modes at different PAT flow zones, with the increasing impeller rota-
tional speed, under two operating conditions, namely 1.00 QBEP and 0.74 QBEP. Figure 13
shows the pressure pulsation distribution mode within the vaneless space zone for different
speeds, considering the above-mentioned flow conditions.

  

(a) (b) 

Figure 13. Vaneless space pressure pulsation distribution mode for different impeller rotational speeds (a) 1.00 QBEP

(b) 0.74 QBEP.

In this figure, as also explained in the above sections, the VS pressure pulsation
level under optimum operating conditions were far lower compared to the 0.74 QBEP
case. In addition, Figure 13 shows that the impeller rotational speed inflicts opposite
reactions from both conditions’ VS pressure pulsation characteristics. It is shown that,
under optimum operating conditions, the increase in impeller rotational speed leads to
correspondingly decreasing vaneless pressure pulsation levels.

On the other hand, under 0.74 QBEP conditions, speed increases from 110 to 130 rpm
led to the increase in pulsation levels, while the situation was complex for the rest of speeds.
The pressure pulsation distribution mode for the rest of speeds (150, 170, and 190 rpm) was
quite similar and their amplitudes quite randomly varied, but within short ranges.

Nevertheless, one would globally assume the worsening of pressure pulsation levels
with the increase in impeller rotational speed under this condition, which would also
be supported by correspondent flow field characteristics evolution, as presented in both
Figures 8 and 9.

In Figure 14, the effect of impeller rotational speed on pressure pulsation distribution
mode along PAT’s full flow passage is displayed. In the direction of PAT water flow
from the computational domain’s inlet zone towards the outlet (see Figure 1), different
monitoring points were successively positioned along the full flow passage as follows:
inlet pipe (OP4, OP33, OP32, and OP31), inter-guide vane channel (GV24, GV23, GV22,
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and GV21), vaneless space zone (VS), impeller inter-blade channel (IB32, IB22, and IB12),
and outlet pipe (IP12, IP22, IB32, and IP4).

  

(a) (b) 

Figure 14. Pressure pulsation distribution mode along PAT flow passage for different impeller rotational speeds (a) 1.00 QBEP

(b) 0.74 QBEP.

Under optimum operating conditions, pressure pulsation amplitudes within the guide
vanes flow zone were globally found to be the highest, with the exception of 130 rpm case
where the outlet pipe presented the highest of pressure pulsations. Under this condition,
it is again confirmed that the increase in impeller rotational speed led to a global weakening
of pressure pulsations along PAT’s full flow passage.

Under the 0.74 QBEP condition, however, the lowest of pressure pulsations were
recorded for 110 rpm cases, followed by 130 rpm for the majority of flow zones. The sit-
uation is complex for the rest of speed cases, where, however, unlike the case optimum
flow condition case, the highest pressure pulsation level was recorded within the vaneless
space.

Therefore, one would globally conclude that, for a PAT under optimum operating
conditions, the impeller rotational speed increase would improve the pressure pulsation
levels along the machine at full flow passage, while causing an opposite effect for the case
of part-load operating conditions.

4. Conclusions

This study numerically investigated the evolution of flow dynamics in a mixed-flow
PAT under turbine operating mode, and the effect of impeller rotational speed on the same.
Four different operating conditions ranging from optimum to part-load flow conditions
(1.00 QBEP, 0.82 QBEP, 0.74 QBEP, and 0.55 QBEP) were selected, and five impeller rotational
speeds ranging from 110 to 190 rpm were tested. After a thorough discussion and deep
analysis of study results, a number of concluding remarks were drawn as follows:

With the machine influx decrease from optimum to 0.82 QBEP condition, PAT flow
pattern slightly deteriorated. A further decrease to lower flow conditions inflicted the emer-
gence of very large flow instabilities where, of the four investigated conditions, 0.55 QBEP
presented the least stable flow structures. Moreover, the vaneless space zone between the
impeller and guide vanes was found to experience the highest flow unsteadiness under
part-load conditions.

Vaneless space pressure pulsation characteristics depended on the machine operating
conditions, where pulsation amplitudes continuously increased as the machine influx
decreased. For high flow conditions, vaneless space pressure pulsation spectrum was
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dominated by RSI-born frequency components, while the LFU-born frequency components
dominated for low flow conditions.

The impeller rotational speed was found to differently impact the machine flow and
pressure fields characteristics, depending on the considered operating condition. Under
optimum operating conditions, the impeller rotational increase led to a global decrease
in pressure pulsations at a majority of flow zones. On the other hand, the increase in
impeller rotational speed worsened the pressure pulsation level at different flow zones,
under part-load conditions.

It is therefore obvious that the impeller rotational speed exercises a considerable im-
pact of the machine flow and pressure field characteristics, which under certain conditions
may end up affecting the overall machine operational efficiency. This, for instance, sends
an alert to electric regulation (ER) users within WDNs, where careful impeller rotational
speed change is recommended. Further, CFD-supported parametric studies are still needed
to reveal the flow dynamics of PATs under turbine mode, and to compare and establish
a relationship with the pump mode. This would lead to a complete understanding of
PAT flow dynamics, and probably contribute to an improvement in terms of PAT perfor-
mance prediction accuracy, for the so far existent pump-to-turbine performance conversion
expressions.
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Nomenclature

PAT Pump as Turbine
RANS Reynolds Averaged Nevier-Stokes equations
BEP Best Efficiency Point
SST Shear Stress Transport turbulence model
IRS Impeller Rotational Speed
GGI General Grid Interface
VS Vaneless Space
LFC Low Frequency Component
CFD Computational Fluid Dynamics
TRL Technology Readiness Level
HR Hydraulic Regulation
LFU Local Flow Unsteadiness
GPF Guide vane Passing Frequency
RSI Rotor-Stator Interactions

81



Sustainability 2021, 13, 7998

ER Electric Regulation
BLE Blade Leading Edge
BPS Blade Pressure Surface
BTE Blade Trailing Edge
BSS Blade Suction Surface
GV Guide Vane
WDN Water Distribution Networks
GSS Guide vane Suction Surface
IEC International Electrotechnical Commission
GPS Guide vane Pressure Surface
IP Inlet Pipe
OP Outlet Pipe
VOS Variable Operating Strategy
PRV Pressure Relieve Valve
y+ Dimensional height from the wall
fn Runner rotational frequency
Q Discharge
n Runner rotational speed
H Head
g Gravitational acceleration
η Efficiency
P Static pressure
ρ Density
ZR Number of runner blades
ZG Number of guide vanes
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Abstract: Pump as turbine (PAT) is a factual alternative for electricity generation in rural and remote
areas where insufficient or inconsistent water flows pose a threat to local energy demand satisfaction.
Recent studies on PAT hydrodynamics have shown that its continuous operations lead to a progressive
deterioration of inner surface smoothness, serving the source of near-wall turbulence build-up, which
itself depends on the level of roughness. The associated boundary layer flow incites significant
friction losses that eventually deteriorate the performance. In order to study the influence of wall
roughness on PAT hydraulic performance under different working conditions, CFD simulation of
the water flow through an axial-flow PAT has been performed with a RNG k-ε turbulence model.
Study results have shown that wall roughness gradually decreases PAT’s head, efficiency, and shaft
power. Nevertheless, the least wall roughness effect on PAT hydraulic performance was experienced
under best efficiency point conditions. Wall roughness increase resulted in the decrease of axial
velocity distribution uniformity and the increase of velocity-weighted average swirl angle. This
led to a disorderly distribution of streamlines and backflow zones formation at the conduit outlet.
Furthermore, the wall roughness impact on energy losses is due to the static pressure drop on the
blade pressure surface and the increase of turbulent kinetic energy near the blade. Further studies on
the roughness influence over wider range of PAT operating conditions are recommended, as they
will lead to quicker equipment refurbishment.

Keywords: wall roughness; axial flow pump; pump as turbine; hydraulic characteristics

1. Introduction

Under low-head operating conditions, axial flow pumps are more likely to exhibit
good hydraulic performance characteristics. Hence, these pumps are suitable for large-
and medium-sized pumping stations in plain areas, where they play a vital role in urban
water supply and agricultural irrigation [1,2]. According to the installation position of the
pump shaft, axial flow pumps can be classified into three types: vertical, horizontal, and
slanted pumps. Conversely to the vertical type, slanted axial flow pump’s inlet conduit
does not need 90◦ elbow, which relatively explains its low hydraulic loss. Compared
with the horizontal type, the slanted axial flow pump has better performance, since the
connected electric motor does not have to be installed underwater [3,4]. Axial flow pump
has been widely applied in the eastern route of China’s South-to-North Water Diversion
Project. Due to the landform and climate reasons, wet seasons are dominated by a lot of
floods and stagnant waters. To achieve considerable economic benefits, pumping stations
can make full use of such water energy resources by means of pump as turbine (PAT)
technology [5,6]. Thanks to the control valve utilization, the flow direction can be reversed
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for power generation. The pump technology has grown mature to reach a convenient
maintenance routine and a fair affordability [7]. Many recent projects have endeavored
to replace conventional small hydropower units with pumps in order to meet the energy
demand in remote regions. However, the efficiency of PATs is still relatively low [8]. In
addition, due to the influence of manufacturing processes, the inner wall surface cannot
be perfectly smooth; i.e., the wall roughness of the machine is not uniform. After a certain
operation period, PAT performance ends up deteriorating as sedimentation, oxidation,
and corrosion accumulate over time. Such accumulation jointly increases the surface
irregularities of the conveying structure and leads to declining hydraulic performance [9].
With the improvement of water supply projects and drainage irrigation, the safety and
stable operation of axial flow pumps have been a research priority [10]. Therefore, the
study of the influence of wall roughness on hydraulic performance of the axial flow PAT
can be very useful for the daily maintenance of pump stations.

Lin et al. [11] used numerical methods to predict PAT performance curves under
both the pump and turbine operating modes, and verified them experimentally. Yang
et al. [12] used CFD to simulate the influence of splitter blades on PATs. The addition of
splitter blades came up with a great performance improvement in operation efficiency.
Comparison between experimental and numerical results showed that CFD can be used
in the performance prediction and optimization of PAT. A novel impeller design has been
proposed to retrofit conventional double suction pump. With the open source CFD code
OpenFOAM, the novel impeller has been investigated in turbine mode using 3D URANS
simulations and the characteristic curves of the two machines have been calculated and
compared [13]. Derakhshan et al. [14] redesigned the shape of impeller blades leading its
efficiency improvement as compared to experimental data. It was noted that PAT efficiency
can be improved just by impeller modification. On the other hand, PAT volute casing’s
cutwater design can also influence its performance characteristics, as noted by Morabito
et al. [15].

As shown in the above literature, CFD has been an important tool in studies on PAT
flow dynamics. In the same respect, it has crucially contributed to the attainment of an
in-depth understanding about wall roughness effect and the underlying flow instability
development mechanism. Gu et al. [16] found that the influence of surface roughness on
pump hydraulic performance depends on the actual roughness of the structure, velocity
distribution, and near-wall turbulence along the flow path. A study by Bai Tao et al. [17]
revealed a close relationship between the surface roughness in the boundary layer and
the operational Reynolds number, for a wind turbine case. At low Reynolds numbers,
surface roughness could weaken separation bubbles, lowering the aerodynamic losses.
On the other hand, operations at high Reynolds numbers suffered significant losses due
to transient processes triggered by surface roughness. For the case of hydraulic pumps,
Bellary et al. [18] found that wall roughness increases with the head and shaft power, while
hydraulic efficiency correspondingly decreased. In the same respect, Deshmukh et al. [19]
studied the influence of wall roughness on centrifugal pumps hydraulic performance
under optimal and off-design conditions. For completely rough surfaces, the hydraulic
performance of centrifugal pumps has displayed a progressive deterioration. When the
roughness critical value was reached, the hydraulic performance stopped declining, where
further decrease yielded slight head increase. Within the same context, Juckelandt et al. [20]
comparatively analyzed the influence of surface roughness on the pump performance by
means of experiments and simulations. The influence of roughness on flow parameters such
as the average velocity and turbulence pulsations was investigated. He et al. [21] conducted
a series of numerical calculations of different turbulence models and surface roughness for
a multistage centrifugal pump based on CFD. The results came up with the same conclusion
that the surface roughness strongly affects the head and efficiency. However, the impact
gradually slows down, and the effect of surface roughness on efficiency is greater than
that of head. Limbach et al. [22] carried out experimental measurements and numerical
simulation on cavitation flow within a low specific speed centrifugal pump under different
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working conditions and different roughness surface. The results showed that, in the flow
without cavitation, the head measured and simulated adamantly stays consistent, and
the experimental measurements drew an inference that with the worsening of surface
roughness, the net positive suction head (NPSH) increases significantly. Nonetheless, this
finding has not been reproduced by simulations of the wall function.

To cut short this overview of the literature relevant to the present study, Lim et al. [23]
have carried out the study on the similar investigation on a dual-suction centrifugal pump.
They came up with a conclusion that the roughness has the greatest influence on the
impeller, while the inlet conduit flow does not reflect that high ascendancy. In addition,
the pump performance has been found to largely depend on the surface roughness on the
impeller shroud. So far, the existent literature about the influence of wall roughness on
hydraulic machinery performance is predominantly focused on centrifugal pumps, where
comparatively few studies have been conducted on axial-flow pumps, and the generating
mode of PATs is rarely investigated. Moreover, most of studies have investigated the effect
of surface roughness on the machine’s external performance characteristics (EPCs), using
experimental and numerical simulation methods without digging deeper to the root cause
of recorded changes in machine EPCs. Therefore, the influence of surface roughness on
PAT’s internal flow dynamics is still inadequately studied.

In this respect, the present article evaluates the hydraulic performance of a slanted
axial flow PAT subjected to different wall roughness scenarios. The influence of wall
roughness on the internal flow state of an axial flow PAT under different flow conditions for
a wide range of roughnesses is analyzed in order to improve the equipment integrity rate
and operational life span. This study’s results provide a useful reference for pump station
optimization. The article structure comprises four sections organized as follows: Section 2
details the applied methodology concept, where the concerned PAT’s geometric model, as
well as the utilized numerical method, are well presented. For an analogic understanding
of the subject matter, the theory of equivalent sand-grain roughness is briefly recapitulated,
as well. The results of this study, including the external performance characteristics of the
slanted axial flow PAT and the influence of wall roughness on the same, are presented and
discussed within Section 3. Finally, to draw this work to a close, relevant conclusions and
further research recommendations have been pointed out through Section 4.

2. Numerical Model and Methods
2.1. Governing Equations

The continuity and momentum equations that are extensively used in flow diagnostics
are stated through Equations (1) and (2) [24,25]:

∂ρ

∂t
+

∂(ρui)

∂xi
= 0 (1)

∂(ρui)

∂t
+

∂(ρuiuj)

∂xj
= − ∂p

∂xi
+

∂

∂xj
(µ

∂ui

∂xj
) +

∂τij

∂xj
(2)

where the following designation applies ρ: the density, t: the physical time, p: the local
pressure, µ: the dynamic viscosity, τij: the Reynolds stress; whereas xi and xj represent the
Cartesian coordinate components in the i and j directions, respectively, ui and uj represent
the corresponding components of the time-averaged velocity.

2.2. Equivalent Sand-Grain Roughness

The wall roughness is indicated through the consideration of peaks and valleys under
different shapes and sizes. It is convenient to simulate that surface texture with an equiv-
alent analogy of sand-grain roughness. Figure 1a depicts that similarity by using a wall
with a layer of closely packed spheres [26]. The average roughness height of the spheres is
Ks [µm], also known as equivalent sand height [27]. The friction effect only occurs in the
upper part of balls, and the equivalent sand-grain roughness only affects the flow in its
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vicinity. Therefore, the actual flow surface may be rounded as shown in Figure 1b, where
the x-axis represents the physical wall surface.
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Figure 1. Equivalent sand-grain roughness (a) and the surface profile diagram (b).

Roughness is the measure of the micro spacing and peak-valley unevenness on the
surface texture. The arithmetic average of absolute value (Ra) that is used to quantify the
surface roughness is couched in Equation (3).

Ra =
1
n

n

∑
i=1

|yi| (3)

where yi is the distance from the average height of a profile (the mean line) for measurement
i, and n is the number of measurements [28]. As the number of measurements approaches
infinity, Equation (3) tends to look like Equation (4).

Ra =
1

Ks

∫ Ks

x=0
|y − y|dx (4)

Considering parameters in Equation (4), the equation of wall roughness profile can be
formulated as to Equation (5) and the mean line as to Equation (6).

y =
√

Ksx − x2 (5)

y =
πKs

8
(6)

Substitute Equations (7) and (8) into Equation (6) and integrate:

Ra =
Ks
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(

π
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− cos−1

(

1 − π2

16

)1/2

− π

4

(

1 − π2

16

)1/2)

(7)

Simplify the Equation (7), the average roughness height of the spheres (Ks) can be
expressed as to Equation (8).

Ks = 11.0293Ra (8)

2.3. The Geometric Model Description

The wall roughness involves the entire hydraulic circuit of a slanted axial flow pump.
Therefore, the computational domain consists of four main parts of inlet conduit, impeller,
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guide vane and outlet conduit, as shown in Figure 2. Design and operation parameters of
the investigated hydraulic machine are specified in Table 1.
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Figure 2. Computational domain of the axial flow PAT.

Table 1. Parameters of the slanted axial flow pump.

Parameter Value

Impeller nominal diameter D [m] 3.25
Design head H [m] 2.6

Design flow rate Q [m3/s] 45.5
Design power P [kW] 1319

Design efficiency η [%] 88
Rotational speed n [r/min] 122

2.4. The Grid Generation Methodology

To generate the mesh of PAT’s computational domain, the unstructured type of compu-
tational grid (Figure 3) has been adopted to deeply resolve the hectic flow dynamicity in the
rough wall’s vicinal flow zones. To capture the effect of roughness on near-wall flow more
precisely, local grid refinement was carried out, and wall function method was adopted
within that critical zone of activity. In order to determine the appropriate grid number for
further simulations; a grid independence test has been conducted. To do this, six grid size
sets have been generated and simulated under similar boundary conditions, leading to
six different PAT performances in terms of a single common parameter, namely the PAT
hydraulic efficiency (η). The curve in Figure 4 is the delineation of how PAT hydraulic
efficiency varies with the change in grid number under pump-mode operation for the
similar flow rate.

From Figure 4, it is obvious that when the grid number reaches 7.48 million, the
efficiency tends to display a relatively stable pattern. To that end, the grid size of 7.48 million
has been selected for further numerical simulations, as it features the desired advantages of
calculation accuracy and the computation cost in terms of simulation time [29]. The grid
number in each part of the computational model is shown in Table 2.

89



Sustainability 2022, 14, 8459

 
(a) 

(b) 

400 500 600 700 800 900 1000
72.0

72.5

73.0

73.5

74.0

74.5

75.0

η

N /104

 

Figure 3. Unstructured mesh of the slanted axial flow pump components. (a)inlet conduit, guide
vane (b) impeller, outlet conduit.
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Figure 4. The grid independence assessment against the efficiency.

Table 2. Grid repartition per each component.

Hydraulic Circuit Components Grid Size [104]

Inlet conduit 79
Guide vane 241

Impeller 334
Outlet conduit 94

An all-embracing grid size 748
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2.5. Boundary Conditions

ANSYS Fluent is applied to simulate the steady incompressible flow of the slanted
axial-flow PAT. The finite volume method is used for space discretization, and the pressure
velocity coupling is realized by SIMPLEC algorithm. The inlet boundary condition of the
computational domain has been set to be the mass flow inlet, and the outlet boundary
condition was set as pressure outlet. The impeller domain was based on the rotating
reference frame, while the other domains were based on the stationary reference frame. All
wall boundaries adopted non-slip walls, and the convergence criterion is set to 1 × 10−5.

3. Results and Discussion
3.1. Experimental Validation of the Numerical Scheme

Existing turbulence models featured with ANSYS Fluent are Standard k-ε, RNG k-ε,
SST k-ω, etc. Different turbulence models are suitable for different flow situations and
need to be selected according to the actual situation. On that account, the performance
of different turbulence models has been numerically assessed and compared with experi-
mental results under flow rates ranging from 0.7 Q–1.2 Q. As illustrated by Figure 5, the
numerical results of the RNG k-ε turbulence model mostly fall in good agreement with the
experimental results. Therefore, the RNG k-ε turbulence model is the best option for this
specific numerical simulation. In the range of 40–70 m3/s; the maximum relative errors
of pump head and efficiency between experiment and numerical results are 1.60% and
2.89%, respectively. Hence, both the selected mesh arrangement and numerical methods
can be considered reliable enough to guarantee the accuracy and reliability of numerical
outcomes.
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Figure 5. Experimental and numerical results with different turbulent models.

3.2. Effect of Wall Roughness on PAT Performance

For analytical purpose, the actual situation of the slanted axial flow PAT is simplified
by modeling the wall roughness as a uniform distribution throughout the hydraulic compo-
nents. To study the effect of the wall roughness on the slanted axial flow pump performance,
different values of the wall roughness (Ra = 0 µm, 6 µm, 60 µm, 120 µm, 240 µm, 480 µm,
960 µm) are selected for the numerical calculation. For each wall roughness, Figure 6a,b
show the corresponding performance characteristics (head and efficiency) variation with
respect to the activated flow rate. The general remark for both figures is that the order of
roughness influence on the head and efficiency for each flow rate is directly connected to
the level of roughness; i.e., the deeper the roughness, the higher the performance reduction.

As to normal flow behavior, Figure 6a shows the proportionality between the flow
rate and the head. That is, the increase of flow rate is concomitant to the head rise. The
optimal condition of the investigated axial flow PAT is Q = 55 m3/s. When the flow rate
is in the range of 0.7 Q–1.2 Q, the head at the same working point decreases gradually
with the increase in wall roughness. When wall roughness increases from 0–960 µm, the
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head in each flow rate condition decreases by 21.0%, 14.6%, 9.9%, 7.9%, 9%, 6.9%, and 5%
respectively. This demonstrates wall roughness has the maximum effect on pump head at
the small flow rate condition, and the effect gradually decreases with increasing flow rate.
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Figure 6. The slanted axial flow PAT performance varies with flow rate at different wall roughness.
(a) Head variation with the flow rate (b) efficiency variation with the flow rate.

For all roughness scenarios in Figure 6b, it is clear that with the increase in flow rate,
the efficiency displays an overall trend of increasing and decreasing before and after the
optimum condition, respectively. In the range of 0.7 Q–1.2 Q, the efficiency gradually
decreases with the increase in wall roughness at the same flow rate. When wall roughness
increases from 0–960 µm, the efficiency in each of flow conditions decreases by 12.53%,
5.31%, 4.76%, 2.07%, and 5.72%, respectively. This shows that the wall roughness has
the least effect on PAT performance at the optimal operating condition, while it inflicts
a greater impact on PAT performance under off-design operating conditions, especially
under low flow conditions. Therefore, the influence of wall roughness on the performance
of an axial-flow PAT should be considered when the machine has been operating under
off-design conditions for a long time.

3.3. Effect of Wall Roughness on Shaft Power

Having demonstrated the direct influence of the wall roughness on the head and
efficiency, it is reasonable to anticipate its impact on the shaft power, as well. Figure 7
shows the effect of different wall roughness depths on PAT’s shaft power (Pt) under different
flow conditions. As noticed previously (Figure 6), the increase in flow rate corresponds
to the same increase in the power of the water flow doing work on the impeller, which
actuates the shaft power continuously. Once more, the extent of the wall roughness tends
to have the same influence on the shaft power. This is evidenced while considering each
flow rate alone; the shaft power displays a gradually decreasing pattern with the increasing
wall roughness depth.

When the wall roughness increases from 0–960 µm, the shaft power for each of the
investigated flow conditions correspondingly decreases by 50.5%, 15.6%, 9.3%, 6.5%, 4.2%,
3.7%, and 1%. It is therefore obvious that the effect of wall roughness on the shaft power is
most significant under low flow conditions (Q = 40 m3/s), whereas it gradually weakens
with further flow rate increase. Reflecting back to Figure 6, the roughness influence on the
head is relatively small at the small flow rate, and wall roughness leads to greater shaft
power decline. This corresponds to the main reason for the efficiency reduction at small
flow rates.
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Figure 7. Shaft power varies with flow rate at different wall roughness.

3.4. Effect of Wall Roughness on Internal Flow

3.4.1. Wall Roughness Effect on Relative Flow Velocity over the Blade Pressure Surface

While investigating the wall roughness effect on the performance of a slanted axial
flow PAT, the impact on the internal flow must be regarded as a key focus. For that purpose,
monitoring points have been placed over the blade pressure surface along 3 lines at a span
of 0.9, 0.5, and 0.1, respectively. As illustrated by Figure 8, equidistant 5 monitoring points
(designated by “S”) are evenly arranged along the outermost chord direction of the blade
and along the mid-span (designated by “M”), whereas 4 monitoring points (designated by
“H”) have been evenly arranged over the innermost span.
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Figure 8. Schematic diagram of monitoring points on blade pressure surface.

As already found, the size of wall roughness has a proportional impact on machine
performance. The same observation can be deduced from Figure 9 that shows the relative
velocity (Vt) histograms of monitoring points (H3, M4, and S4) aligned radially from hub
to shroud on the blade pressure surface. The outstanding observation is that as the relative
velocity gets high towards outermost spans, the wall roughness keeps reducing the relative
velocity according to its size. As tabulated in Table 3, the relative velocity of roughness
Ra = 0 µm at H3 is 8.134 m/s, which is 0.87%, 2.75%, 7.15%, 10.14%, 11.23%, 12.3% higher
than that of wall roughness Ra = 0 µm, 60 µm, 120 µm, 240 µm, 480 µm, and 960 µm,
respectively. The relative velocity of M4 roughness Ra = 0 µm is 14.04 m/s, which is
2.23%, 4.98%, 8.13%, 11.21%, 13.41%, 15.31% higher than that of Ra = 0 µm, 60 µm, 120 µm,
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240 µm, 480 µm, and 960 µm, respectively. The relative velocity of S4 roughness Ra = 0
µm is 22.62 m/s, which is 0.89%, 3.58%, 6.45%, 10.01%, 12.34%, 14.12% higher than that of
Ra = 0 µm, 60 µm, 120 µm, 240 µm, 480 µm, 960 µm, respectively. It can be seen that the
relative velocity of the impeller blade pressure surface increases continuously along the
radial direction. As the wall roughness of the impeller shroud, the friction resistance in the
boundary layer increases. This results in energy loss increase and a decrease in the relative
velocity of the impeller blade.
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Figure 9. Effect of roughness on relative velocity on blade pressure surface.

Table 3. Relative velocity and percentages with different roughness.

Ra (µm)

H3 M4 S5

Vr (m/s)
Relative

Deviation
(%)

Vr (m/s)
Relative

Deviation
(%)

Vr (m/s)
Relative

Deviation
(%)

0 8.13 14.04 22.62
6 8.06 0.87% 13.73 2.23% 22.42 0.89%

60 7.91 2.75% 13.34 4.98% 21.81 3.58%
120 7.55 7.15% 12.90 8.13% 21.16 6.45%
240 7.31 10.14% 12.47 11.21% 20.36 10.01%
480 7.22 11.23% 12.16 13.41% 19.83 12.34%
960 7.13 12.30% 11.89 15.31% 19.42 14.12%

3.4.2. Effect of Wall Roughness on Impeller Outlet Flow

In order to study the effect of wall roughness on the impeller outlet flow field, the
distribution uniformity of the axial velocity component (ϕ) and velocity-weighted average
swirl angle (θ) under different working conditions are analyzed. There is hardly any
hydraulic loss when flow state at the impeller outlet is better. That is, when the axial
velocity uniformity is around 100% and the velocity-weighted average swirl angle is
smaller. ϕ and θ are calculated according to Equations (9) and (10), respectively.

ϕ = [1 − 1
Va

√

n

∑
i=1

[(Vai − Va)]]× 100% (9)

θ =
n

∑
i=1

Vai
{

90◦−tg−1 Vti

Vai

}

\
n

∑
i=1

Vai (10)

where, ϕ is the distribution uniformity of axial velocity at the outlet section (%); Va is
the arithmetic average value of the axial velocity of outlet section (m/s); Vai is the axial
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velocity (m/s) of each computing unit (representing each element) at the outlet section; θ is
velocity-weighted average swirl angle (deg) of flow at outlet section; Vti is the transverse
velocity (m/s) of each calculation unit in the outlet section; n is the number of computing
units on the exit section [30].

Figure 10 shows the curve of uniformity distribution for the axial flow velocity sub-
jected to the variation of roughness under different working conditions. At first glance,
the common trend of decreasing axial velocity uniformity with increasing wall roughness
can be easily noticed. Under the optimal conditions (Q), the axial velocity distribution
uniformity is excellent; i.e., it reaches its highest value, where the roughness-free wall
displays a perfect uniformity. However; with the increase of roughness up to 960 µm,
the axial velocity uniformity (ϕ) decreases from 77.2 to 74.3%, which corresponds to an
overall downward shift rate of about 2.9%. For small flow rate (0.7 Q), when the roughness
increases up to 960 µm, the axial velocity uniformity (ϕ) decreases from 74 to 68.3%, which
is equivalent to the overall downward shift rate of about 5.7%. For large flow rate (1.2 Q),
when the wall roughness increases up to 960 µm, the axial velocity distribution uniformity
(ϕ) decreases from 76.4 to 73.9%, which sums up to an overall downward shift rate of
about 2.5%.
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Figure 10. Effect of roughness on axial velocity uniformity.

It can be seen that, under the reverse power generation condition of the slanted axial
flow pump device, the increase in wall roughness leads to a decrease in the uniformity
of axial velocity distribution. At the small flow rate of Q = 40 m3/s, wall roughness has
the most significant effect on uniformity of axial velocity distribution, while the effect of
wall roughness on uniformity of axial velocity distribution becomes minimal under the
large flow rates. In light of previous findings, the low axial velocity uniformity may be one
among several reasons that lead to the low operation efficiency of reverse power generation
under the small flow conditions.

Another parameter to evaluate the wall roughness effect on impeller outlet flow is
the velocity-weighted average swirl angle. Figure 11 portrays its variation in terms of
wall roughness stretch under different working conditions. Under different flow rates, the
curve outline of the velocity-weighted average swirl angle closely reproduces the same
shape similarity. The common inference is that the velocity-weighted average swirl angle is
unambiguously associated to the wall roughness size.

Under the optimal conditions (Q), the velocity-weighted average swirl angle is at its
minimum value, no matter the wall roughness. The increase in wall roughness (0–960 µm)
at that best efficiency operation results into the slightest increase of the velocity-weighted
average swirl angle of 1.66◦ (8.1◦ up to 9.76◦). Under the small flow rate (0.7 Q), 0–960 µm
increase of wall roughness give rise to 8.59–11.25◦ increase in the velocity weighted average

95



Sustainability 2022, 14, 8459

swirl angle (2.66◦ increment). Under the small flow rate (0.7 Q), the same wall roughness
increase brings about 3.46◦ increases (8.88–12.34◦) in the velocity weighted average swirl
angle. Hence, the increase in wall roughness leads to the increase in velocity-weighted
average swirl angle; and the maximum velocity-weighted average swirl angle is obtained
under large flow conditions. With reference to the discussion beforehand, the high velocity-
weighted average swirl angle may be one of reasons that lead to the low operational
efficiency of reverse power generation under the large flow conditions.
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Figure 11. Effect of roughness on velocity-weighted average swirl angle.

3.4.3. Effect of Wall Roughness on Streamline of Outlet Conduit

Streamline at the exit is another aspect to evidence the wall roughness impact on the
machine performance. Figure 12 shows the three-dimensional streamlines of the outlet
conduit under different flow conditions when the slanted axial flow pump device is used
for reverse power generation. Only, three values of wall roughness (Ra = 0 µm, 240 µm,
and 960 µm) have been selected for comparative analysis. It can be found that with the
increase in wall roughness, the streamlines of the outlet conduit grow disordered.

Under the small flow rates of 0.7 Q, streamlines in the outlet conduit are smooth and
less swirling flow appears. This is obviously remarkable within moderate roughness size
of Ra = 0 µm and 240 µm. Conversely, backflow phenomena relatively occur in the outlet
conduit at higher flow rate (1.2 Q), and they become clearer at a deeper wall roughness
(Ra = 960 µm). Under the optimal condition, the flow state in the outlet conduit has minor
variation with increasing wall roughness. Thus, the wall roughness has the least influence
on the streamline state of the slanted axial flow PAT within such best efficiency operations.
Under large flow rates (Ra = 240 µm and 960 µm), the flow state in the outlet conduit
becomes worse than that with the smooth wall. With the increase in wall roughness, the
flow state in the outlet conduit becomes obviously worse; obvious vortex and backflow
phenomena grow quite apparent. In conclusion, swirl flow of the outlet conduit becomes
significant when the velocity-weighted average swirl angle at the large flow rate is high
with rough surface.
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Figure 12. Streamline of the outlet conduit under different flow rates. (a) 0.7 Q; (b) Q; (c) 1.2 Q.

3.4.4. Effect of Wall Roughness on Pressure Distribution over the Blade Pressure Surface

Figure 13 shows the distribution of pressure on blade pressure surface with a changing
wall roughness. The pressure on the blade surface obviously varies with a high gradient
along the chord direction of the blade, especially at large flow rate. Under the small flow
rate, a local low pressure area appears near the leading edge, it increases gradually along
the chord direction of the blade, and a local high pressure appears near the impeller shroud
of the trailing edge, while there is an opposite variation trend under the larger flow rates.
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Figure 13. Distribution of pressure on blade pressure surface. (a) 0.7 Q; (b) Q; (c) 1.2 Q.

The negative pressure on the blade is more likely to result in cavitation, which can
lead to an increase of wall roughness. At the same flow rate, the negative pressure area
becomes larger with the increase of wall roughness. Under the same wall roughness, the
negative pressure decreases with the increase of flow rate and the positive pressure increase
with the increase in wall roughness. Therefore, the increase of wall roughness easily causes
cavitation. In the vicinity of the leading edge, the range of high pressure zone is the largest
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at the large flow rate, followed by rated flow rate, and the high pressure zone is not obvious
at the small flow rate.

Figure 14 shows the variation of pressure at the monitoring point of blade pressure
surface with wall roughness under the optimal condition. It can be seen from the figure
that with the increase of wall roughness, the pressure decreases gradually, resulting in an
increase of energy loss near the boundary layer [31]. In the radial direction (from hub to
shroud), the pressure increases gradually. Table 4 shows relative deviation of pressure from
0 µm to 960 µm of monitoring points at different spans. Near the hub, at Ra = 960 µm, the
pressure of H1, H2, H3, and H4 is 7752 Pa, 23,318 Pa, 37,201 Pa, and 45,172 Pa, respectively.
From Table 4, compared with the smooth wall; the pressure decreases by 11%, 8%, 14%,
and 13%, respectively. In the middle of the blade, at Ra = 960 µm, the pressures of M1, M2,
M3, M4, and M5 are 119,776 Pa, 54,349 Pa, 37,484 Pa, 34,061 Pa, and 11,626 Pa, respectively,
compared with smooth wall, the pressures decrease by 11.4%, 5.2%, 3.6%, 3.2%, and 1.1%,
respectively. The pressure of the monitoring point M1 under the smooth wall surface is
135,212 Pa. At Ra = 6 µm, 60 µm, 120 µm, 240 µm, 480 µm, and 960 µm, the pressure of
M1 decreases by 1.3%, 2.5%, 4.5%, 7.2%, 8.9%, and 11.4% compared with the smooth wall
surface. It indicates that when the roughness is greater than 240 µm, the roughness has a
great influence on the pressure near the trailing edge. The pressure of M2, M3, and M4
monitoring points has a similar trend with roughness to that of M1. The minimum pressure
value at M5 point under the smooth wall is 13,547 Pa. With the increasing wall roughness,
the pressure decreases by 0.36%, 0.12%, 3.5%, 7%, 8.5%, 13.5%, and 18.3%, respectively. It
can be seen that when the roughness is less than 60 µm, the roughness has little influence
on the pressure near the leading edge. From Figure 12c, at Ra = 960 µm, the pressures of S1,
S2, S3, S4, and S5 are 151,730 Pa, 59,123 Pa, 51,258 Pa, 45, 943 Pa, and 12,476 Pa, respectively,
compared with smooth wall, the pressures decrease by 11%, 14%, 13.2%, 10.8%, and 15%,
respectively. It demonstrates that the wall roughness has a great influence on pressure
of the blade near the impeller shroud. The results indicate that the boundary layer flow
is obviously affected by wall roughness and pressure losses increase significantly due to
wall roughness.

   
(a) (b) (c) 

μ μ

μ μ μ

Figure 14. Variation of pressure at the monitoring point with wall roughness. (a) span0.1 (b) span0.5
(c) span0.9.

Table 4. Relative deviation from 0 µm to 960 µm (%).

Span0.1 Span0.5 Span0.9

Point H1 H2 H3 H4 M1 M2 M3 M4 M5 S1 S2 S3 S4 S5
Deviation (%) 11 8 14 13 11 5.2 3.6 3.2 1.1 11 14 13 11 15

3.4.5. Effect of Wall Roughness on Turbulent Kinetic Energy

Turbulent kinetic energy (TKE) is a measure of the turbulence intensity, associated
with momentum transport through turbulence eddies in the boundary layer region [32].
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The distribution of turbulent kinetic energy on the blade pressure surface is shown in
Figure 15. The values of wall roughness of 0 µm, 240 µm, and 960 µm are taken. It can
be seen from the figure that, under the same flow condition, the TKE increases with the
increase of roughness, especially near the impeller shroud. Under the small flow rate, the
TKE near the impeller shroud is obviously higher. Under the optimal condition, when the
wall gradually changes from smooth to rough, the TKE is obviously stronger along the
radial direction and the distribution range of the TKE increases. The effect of roughness on
TKE is more obvious at the large flow rate.
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Figure 15. The distribution of TKE on blade pressure surface. (a) 0.7 Q; (b) Q; (c) 1.2 Q.
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The distribution of TKE on the blade suction surface is shown in Figure 16. As can it
be seen from the figure, the TKE on the suction surface of the blade is larger than that on
the pressure surface of the blade under the small flow rate, and the TKE is strengthened
near the impeller shroud. Under optimal conditions and large flow conditions, the TKE
near the leading edge of the blade increases; this is more obvious under the large flow rate.
Under different flow conditions, the distribution range and magnitude of TKE on the blade
suction surface increase with the increase in wall roughness.
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Figure 16. The distribution of TKE on blade suction surface; (a) 0.7 Q; (b) Q; (c) 1.2 Q.
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The TKE of blade surface under different working conditions is shown in Figure 17. It
can be seen that the TKE gradually increases with the increase in wall roughness, which
leads to the increase of energy loss near the boundary layer and is also one of the important
reasons for the decrease in efficiency of the slanted axial flow PAT. In each working condi-
tion, the TKE of the blade surface increases gradually with the increase in wall roughness,
but the variation amplitude is small. When the wall roughness is the same, the TKE of
the pressure surface varies little with the flow rate. While the TKE of the suction surface
changes obviously with the flow rate and increases significantly with the increase of the
flow rate.

 
(a) (b) 

 

 

 

Figure 17. TKE of blade surface under different conditions. (a) TKE on blade pressure surface (b) TKE
on blade suction surface.

4. Conclusions

The slanted axial flow PAT operated under turbine mode has been, in this study, nu-
merically simulated. Specifically, the investigation target was the influence of different wall
roughness depths on both the external performance and internal flow field characteristics
under different working conditions. From narrated findings and pertinent discussion, a
number of concluding remarks can be drawn as follows:

(1) Under constant individual flow rates, the gradual deterioration of PAT performance
(measured through parameters such as the hydraulic efficiency, head, and shaft power)
is conspicuously associated with the increase in wall roughness depth. The later
displays a minimum impact on PAT performance only under optimal flow conditions,
while for off-design flow conditions, the larger the deviation from the best efficient
point, the greater the impact on PAT performance characteristics.

(2) Under turbine operating mode, the increase of wall roughness simultaneously brings
about a messy non-uniform distribution of axial velocity and an increase of the
velocity-weighted average swirl angle. Furthermore, streamlines within the discharge
conduit reflect a disorderly flow pattern, eventually giving rise to backflow structures.

(3) Ultimately, the wall roughness accumulation remarkably triggers the increase of
energy losses. This is evidenced by the drop of static pressure on the blade pressure
surface and the increase of TKE on the blade. The latter is particularly evident near
the impeller shroud. Under the same roughness conditions, the TKE on the blade
suction surface proves to be greater than that on the blade pressure surface.

Given the level of PAT performance degradation that can be caused by the machine
wall roughness, future research endeavors are encouraged in this field, where the effects
of wall roughness can be investigated further and a wider range of machine operating
conditions and roughness depths can be considered. This would help monitoring PAT’s
lengthy operations and assist the timely equipment refurbishment or replacement without
highly impairing the machine performance.
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Abstract: Storage technologies are an emerging element in the further expansion of renewable energy
generation. A decentralized micro-pumped storage power plant can reduce the load on the grid
and contribute to the expansion of renewable energies. This paper establishes favorable boundary
conditions for the economic operation of a micro-pump storage (MPS) system. The evaluation is
performed by means of a custom-built simulation model based on pump and turbine maps which are
either given by the manufacturer, calculated according to rules established in studies, or extended
using similarity laws. Among other criteria, the technical and economic characteristics regarding
micro-pump storage using 11 pumps as turbines controlled by a frequency converter for various
generation and load scenarios are evaluated. The economical concept is based on a small company
(e.g., a dairy farmer) reducing its electricity consumption from the grid by storing the electricity
generated by a photovoltaic system in an MPS using a pump as a turbine. The results show that due
to the high specific costs incurred, systems with a nominal output in excess of around 22 kW and with
heads beyond approximately 70 m are the most profitable. In the most economical case, a levelized
cost of electricity (LCOE) of 29.2 €cents/kWh and total storage efficiency of 42.0% is achieved by
optimizing the system for the highest profitability.

Keywords: pump as turbine; micro-hydro pump storage; small-scale hydropower; simulation model;
turbine maps

1. Introduction

Renewable energy generation is often volatile and location-dependent by nature. Its
integration into power networks usually requires great flexibility and puts a strain on
the grid. To reduce the load on the grid, it must either be expanded, become smarter or
storage technologies must be implemented [1]. The requirements for storage technologies
are manifold, and no single storage technology fulfills them all. Each energy storage
technology has unique characteristics, and the optimal choice depends on the task to be
fulfilled [2]. Micro-pump storage systems are one of the storage technologies used for
decentralized energy storage and can therefore reduce the load on the network. The pump
as turbine (PAT) technology is well-established in a number of water distribution networks
for energy recovery [3,4], with a possible payback period of six years [5], by pressure
reduction and reducing water loss [6] or for improving network effectiveness [7,8]. It can
also be beneficial to enhance the sustainability of such networks [9]. Additionally, studies on
PATs have already developed integration strategies for water distribution networks [10,11]
or methodologies to select pumps from catalogues [12]. Simulation models were also
developed to determine the number and optimal locations of operations as well as the
optimal PATs to minimize costs [13]. For instance, a recent publication has shown that
the specific decentralized installation of PATs in a water distribution network can be used
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to charge e-bikes or scooters by reducing the pressure in the network [14]. Something
comparable could be achieved by using a PAT in a micro-pump storage (MPS) system, thus
reducing the load on the power grid. A publication [15] preceding the present contribution
investigated various operating strategies for an MPS system with a pump as a turbine.
Therein, speed control using a frequency transformer (FUM) was identified as the best
strategy in terms of economy. It has also been proven that the efficiency of pumped hydro
storage can be significantly increased by varying the speed with an FUM [16]. The result
of a publication on electricity costs in India shows that MPS systems can be economically
viable [17]. In contrast, other publications concerned with modelling small hydropower
plants [18–23] in combination with photovoltaic (PV) systems [24], wind turbines [25], or
both [26], leave open the question of how such a system can be operated economically.

A pilot MPS plant using a PAT was recently implemented in Froyennes, Belgium [27],
where the energy produced by a variety of PV systems and a few small wind turbines is
stored in the MPS in the event of a local energy surplus and is then withdrawn at a later
point in time. Attaining profitability with an MPS system is a challenge. For example,
the levelized cost of electricity (LCOE) for storing and retrieving energy in Froyennes is
€1.06/kWh [27], which is far above current energy prices. Throughout this paper, this
pilot plant is used as an example to illustrate the general boundary conditions that are
required for economical operation. For instance, the ratio of length to head (L/H) at the
MPS in Froyennes is about 8. Since this ratio is usually much lower at other pumped
storage power plants, there is great potential for cost reduction [27]. Depending on the
filling level of the reservoir, there is only a maximum head of 11 m, which also brings the
potential for improvement. The efficiency of the PAT is 72.7%, but there are now PATs with
better efficiency (see Section 2.2.2), which should also lead to a better result for the LCOE.
Furthermore, in Froyennes, a 30 kW motor/generator (M/G) was used for a maximum
pump power of 17 kW; a better adapted M/G could reduce the investment costs. This
publication is intended to identify potential for improvement and therefore focuses on
how a MPS can be operated economically and what boundary conditions are necessary for
achieving this goal.

In order to be able to evaluate the economic efficiency of such a system, pump and
turbine maps are required as input for a simulation model. Since turbine maps, in contrast
to pump maps, are usually not publicly available, turbine maps usually have to be measured
or calculated. Over the years, quite a few calculation methods have been developed, e.g., by
Gülich [28], Alatorre-Frenk [29], Derakhshan [30], Yang [31], and T. Lin [32], and have been
compared with experimental measurements [33,34] or with other prediction methods [35].
Prediction models have also been developed, especially for multi-stage PATs [36]. The
accuracy of the turbine characteristics obtained depends on the pump mode data available
as a basis, and a certain degree of inaccuracy must always be taken into account. Due to
the fact that a test bench is very expensive, especially when covering the full performance
range considered for this paper, the calculation methods are still necessary. Based upon
the given calculated turbine characteristics, a numerical model of the MPS system can be
used to simulate its operation and evaluate it according to economic and technical criteria.
In particular, a roadmap can be established for illustrating how an MPS system could be
profitably operated, which is the major goal pursued by the present paper.

This paper is structured as follows: Section 2 describes the system calculation methods
and affinity laws and is followed by a short description of the simulation model employed.
In Section 3, the results of the technical and economic efficiency simulations for various
generation and load profiles are presented, discussed, and used to sketch the roadmap to
profitability for MPS. To cover a larger scope of load and generation scenarios, Section 4
introduces various scaling factors for the load and generation profile which are examined
using the most promising pump of Section 3, the KSB 8065200.
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2. Materials and Methods

The present section describes the procedure for evaluating the economic viability
of an MPS. To this end, the functionality of the MPS, the basic data, the methodology
of the simulation model, as well as the calculation and extension of the turbine maps
are described.

2.1. Concept and Initial Data

Figure 1 presents a schematic diagram of a speed-controlled micro-pump storage
plant that might be used by a small company (e.g., a dairy farmer). A centrifugal pump,
which operates both as a pump and a turbine, is located between the lower and the upper
reservoirs. The speed-controlled plant is connected to the power grid, to a PV system
(specific yield = 1.15 kWh

kWp
) and to the consumer via an electric motor or generator (M/G)

and a frequency converter.
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Figure 1. Schema of the speed-controlled MPS including dairy farmer, grid, and PV system, energy
demand WL, grid energy WGrid, total energy input Win, total energy output Wout, PV-energy WPV [15].

The functionality of the MPS can be understood as follows. In pump mode, active
during periods of low energy consumption and high solar power production, water is
pumped into an upper basin, storing potential energy for later use. During times of
high power consumption and low PV output, turbine mode is active, with water flowing
back into the lower basin and powering the centrifugal pump, which now acts in turbine
operation. Thus, the energy demand from the grid can be reduced, and more of the energy
generated by the PV system can be used on site.

In the previous publication [15], the optimal location (i.e., optimal head and storage
volume) for a given pump was identified for fixed energy production from the PV system
and given energy consumption. To investigate the effects of various consumption and
generation scenarios, a scaling factor for PV power SPV and energy consumption SL has
now been introduced. The scaling factors of 1.0 are based on the values of the previous
publication, i.e., a PV power of 60 kWp, an annual energy production of WPV = 69.1 MWh,
and an annual energy demand WL of 43.0 MWh. The ratio of WPV/WL is therefore around
1.6. For convenience, the relation between the scaling factors and the energy production or
demand is shown in Table 1.
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Table 1. Energy (per year) produced by the PV system WPV , energy demand WL, scaling factor SL

(corresponding to WL ) and SPV (corresponding to WPV).

Scaling Factor SL orSPV 0.5 0.8 1.0 1.2 1.5 2.0 3.0 4.0

WL [MWh] 22 34 43 52 65 86 129 172
WPV [MWh] 35 55 69 83 103 138 207 276

The penstock was assumed to have a nominal diameter of DN150, with costs of
50 €/m pipe. The slope was assumed to be 15%. One of the two basins was supposed to
have already existed. The second, a snow-making style of water reservoir design, was
assumed to incur construction costs of 40 €/m3 [37,38]. In this publication, due to the
many different sizes of centrifugal pumps, no individual costs for the electrical installation
were taken into account. Because of that, results for the KSB Etanorm 50160D174 deviate
slightly from the results from the last study [15]. The investment costs of the PV system
were not included in the economic efficiency calculation because this study was based on
the assumption that a PV system was already available, e.g., after expiration of the subsidy
by the Germany renewable energy act (EEG).

2.2. Map Calculation

The characteristic maps of various centrifugal pumps for turbine and pump operation
were required in order to be able to run simulations and compare several centrifugal pumps
with each other. While pump maps are provided in full for each specific pump by the
respective manufacturer, turbine maps are usually not provided. For this paper, turbine
maps that were not provided (or only provided in partial areas) by the manufacturer were
either calculated and/or extended via similarity relationships.

2.2.1. Calculation of Turbine Characteristics at Nominal Speed

The calculation of the characteristic curves was based on empirical correlations accord-
ing to J.F. Gülich [28]. The exact calculation method is explained in detail in Appendix A
and briefly explained here: All values (head, flow, speed, power, and efficiency) for the
BEP in pump mode are needed for determining the turbine best efficiency point (BEP).
The turbine BEP values were calculated from the pump BEP. All required values for the
nominal speed characteristic curve were determined from the BEP in turbine operation thus
computed. The formulas were based on calculations from eight different correlations using
35 measured pumps, with a specific speed nq in the range between 12 and 190. Due to the
small number of pumps upon which the correlations were based, considerable deviation
should be expected when using these calculations, which is why Q and H may be up to
20% different than the calculation predictions [28].

2.2.2. Extension of Turbine Maps

In order to be able to analyze speed control and to determine the optimum head, it is
necessary that a certain range of the characteristic map be known. The law of similarity
provides the possibility of calculating further characteristic curves for other speeds from a
single measured or given speed characteristic curve. The values calculated in Section 2.2.1
(Q, H, P) for nominal speed are extended to create a wider range of the turbine map
according to Gülich using similarity relationships [28]. Likewise, maps obtained from the
manufacturer covering only a subrange of the full turbine operation map are extended in
the same way. In order to calculate an extended turbine map, the head h, the flow Q, and
the power for various speeds n are calculated. The similarity laws given in formulas (1)–(3)
are based on the respective rated quantities, i.e., speed nr, and the corresponding flow Qr,
head Hr, and power Pr, from which the turbine behavior for other speeds and operating
conditions can be calculated:

Q(n) = Qr ·
n

nr
(1)
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H(n) = Hr ·
(

n

nr

)2
(2)

PT,mech(n) = Pr ·
(

n

nr

)3
(3)

One prerequisite for the affinity laws is that the flows in the channels, such as in
the impellers, behave similarly kinematically and dynamically. As a consequence, the
corresponding inertial and frictional forces behave similarly [28]. In addition, it is assumed
that the fluid is incompressible, and no cavitation occurs. When calculating the efficiency
with formula (3), there is a deviation, which results from the fact that there are losses that
do not increase with the cube of the speed. Among these are the mechanical losses in the
bearing and shaft sealing, as well as the disc friction loss [39].

The hydraulic power Phydr is determined for the respective speed n for various points
on the speed characteristic curve (formula (3) [40].

Phydr(n) = QT(n) · ρ · g · H (4)

The mechanical efficiency ηT,mech can now be obtained with [40]:

η(n)T,mech =
PT,mech(n)

Phydr(n)
(5)

The extended maps are now created by means of interpolation from the associated
data of the extended speed curves. There is a set of two maps for the turbine mode. The
first map HT(QT , n) represents the dependency of head HT on flow and rotational speed,
while the second map, PT(QT , n) describes the power PT,mech.

In order to exemplarily check the accuracy of the calculation and expansion of the
turbine maps, the map of the KSB50160174 (see Table 2) was calculated from BEP pump
data alone using the method described above. Comparing the calculated turbine maps
with measured maps provided by the manufacturer, an efficiency deviation of only one
percentage point was seen in the high rpm range. For lower speeds, the difference increased
to up to four percentage points. As the pump/turbine often operates close to its nominal
speed, the high-speed range is most relevant for us and, therefore, a fairly good overall
accuracy can be expected.

Table 2. The centrifugal pumps investigated, sorted by their nominal power Pn at their best efficiency
given by the manufacturer ηP,opt, average electrical pump efficiency ηP,el , average electrical turbine
efficiency ηT,el , average electrical turbine efficiency ηtot, pump investment IP and investment for
motor and frequency inverter Iel . All results here are given for a scaling factor SPV = SL = 1.0.

Pump Pn ηP,opt ηP,el ηT ,el ηtot IP Iel

F065-200A-1102H 1 11.0 kW 71.1% 64.2% 58.5% 37.5% 3347 € 9323 €

EST 65-160 2 15.0 kW 80.9% 67.6% 58.9% 38.7% 4246 € 7343 €

F080-255A-1502H 1 15.0 kW 75.4% 63.6% 56.0% 35.3% 3419 € 10,475 €

KSB 50160174 2 15.0 kW 76.0% 67.7% 62.3% 42.1% 3808 € 11,575 €

F080-255A-1852H 1 18.5 kW 75.9% 64.7% 57.5% 37.1% 4420 € 12,372 €

F080-255A-2202H 1 22.0 kW 78.4% 65.9% 60.9% 40.1% 4699 € 14,348 €

F080-240A-2202H 1 22.0 kW 82.3% 69.3% 53.8% 37.2% 4377 € 13,864 €

F080-330A-2204H 1 22.0 kW 78.1% 63.2% 56.1% 35.4% 4893 € 15,585 €

KSB 8065200 3 30.0 kW 80.9% 65.2% 58.6% 38.2% 2579 € 12,022 €

F080-255A-3002H 1 30.0 kW 79.2% 63.1% 59.1% 37.2% 4999 € 17,465 €

F080-255A-3702H 1 37.0 kW 79.3% 62.4% 61.1% 38.1% 4871 € 18,334 €

1 turbine map calculated, 2 turbine map given by the manufacturer, 3 turbine map partially given by manufacturer
and extended via similarity relationships.
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2.3. Simulation Model

The simulation model has also been described in detail in [15] and is reproduced for
easier access in Appendix B of this work. A short description of the program sequence is
provided as follows. After initiating the simulation, all of the necessary data are collected.
The main task of the program is to determine the water volume in the storage reservoir.
This is performed by calculating the flow rates in pump and turbine operation. To solve
this numerically, the flow has to be obtained from characteristic maps which describe,
respectively, the head, the efficiency, and the power as a function of the speed and the
flow rate. The difference between PV power and power from the load profile results in
the possible pump or turbine power depending on flow and speed, taking into account
the efficiency of the electrical components. Taking pipe losses into account, the system’s
characteristic curve is defined to determine the resulting head. The operating point is then
determined. The flow rate and speed at the intersection point can then be read directly
from the characteristic maps while also taking into account the operating limits for pump
or turbine operation.

The simulation model then returns results for every point in the time of the year for
all system variables. The annual electricity balance can then be obtained from these results,
and a profitability calculation can be performed.

2.4. Finding the Optimal Site for Each PAT and Scaling Factor

The plant simulation model was run within a MATLAB optimizer [15] used to deter-
mine an optimal site (as defined by the geodetic head Hgeo and the volume of the storage
V) for each of the PATs as listed in Table 2 as well as the scaling factors provided in Table 1.
By using the MATLAB 2019a simulated annealing algorithm [41,42], the economic outcome
can be maximized by varying Hgeo and V. The results for the optimal site (Hoptim, Voptim)
for each scaling factor SPV and SL are obviously specific to the PAT type chosen.

3. Results and Discussion

In this section, the investigated pumps are listed, and the results of the simulation
model for the head, total efficiency, average turbine and pump efficiency, and levelized
cost of energy (LCOE) are presented and discussed. At first (Section 3), the scaling factors
SPV and SL are set to the same value (i.e., SPV = SL), while in Section 4, SPV and SL

are varied independently. As will be shown later, the specific component costs play an
important role, which is why they are discussed in more detail after describing the different
pumps investigated.

3.1. Pumps Investigated

The following Table 2 lists 11 suitable pumps, examined with increasing nominal
power Pn. The scope of the pumps evaluated is chosen to cover the range from 5 to 50 kW,
which defines micro-hydropower stations based on the classification of the Latin American
Energy Organization (OKADE) [43].

In addition to the pump efficiency ηP,opt given by the manufacturer for the BEP, the
table also shows the average efficiency for turbine (ηT,el) and pump (ηP,el) as well as the
total efficiency ηtot for a scaling factor of 1.0. The values of (ηT,el) and (ηP,el) are calculated
from simulation results for the optimal size and scaling factor using trapezoidal numerical
integration [44] with a step size of 0.1 min using the following formulae:

ηP,el =

∫

QPdt · ρ · g · Hgeo

Win
(6)

ηT,el =
Wout

∫

QTdt · ρ · g · Hgeo
(7)
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The total efficiency ηtot is defined as the quotient of the total electrical energy output
Wout =

∫

PP,eldt and the total electrical energy input Win =
∫

PT,eldt :

ηtot =
Wout

Win
· 100% (8)

As Table 2 shows, the highest pump efficiency at the BEP in pump mode does not indi-
cate the highest total efficiency. Comparing the EST 65-160 pump, with high manufacturer-
specified efficiency of 80.9% in pump mode, with the F080-255A-2202 H, which has only
a manufacturer-specified pump efficiency of 78.4%, the total efficiency of the F080-255A-
2202H exceeded that of the EST 65-160 by about 1.4 percentage points. The better effi-
ciency is mainly based on a better average electrical efficiency in turbine operation of
the F080-255A-2202H and may also be related to better efficiency in the part-load range.
Comparing the efficiency of the pumps listed in Table 2 with the pump in Froyennes
(ηp,opt = 72.7%) [27], it becomes clear that, with the exception of the F065-200A-1102H,
each of the pumps listed in Table 2 has better efficiency. It should therefore be possible to
use a PAT with higher efficiency for an MPS.

3.2. Specific Costs

Figure 2 shows the specific prices (€/kW rated power) of the pump including a motor
(e.g., F080-255A) [45], asynchronous motor (e.g., VEM PS1R/PS2R) [46], and a frequency
converter (e.g., ABB ASC 580) [47]. As expected, the specific prices decreased with the
rising power. The drop is especially steep for frequency converters and pumps including
motors with an output of less than 22 kW.
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Figure 2. Specific costs on the example of the VEM PS1R/PS2R synchronous motor, the ABB ASC
580 FUM, and the Herborner F080-255A (including motor/generator).

From a nominal output greater than approximately 22 kW, the curve flattens, and
the prices per kW nominal power begin to flatten. This indicates that smaller pumped
storages with outputs of below 22 kW are difficult to realize economically due to a high
specific cost. To illustrate these findings, the results for centrifugal pumps with a nominal
output of less than 22 kW are marked with solid lines in a subsequent part of this paper,
whereas centrifugal pumps with a nominal output of greater than 22 kW are marked with
dash–dot lines.

3.3. Total Efficiency

Plotting the simulated values of the total efficiencies for the various scaling factors
(see Figure 3), it becomes clear that for small-scaling factors, the KSB Etanorm 50160D174
pump has the best total efficiency for an output smaller than 22 kW, and it also shows the
best total efficiency for scaling factors of less than two. The excellent total efficiency of
the KSB 50160D174, especially for smaller scaling factors, is also reflected in the electrical
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pump and turbine efficiency (see Figures 4 and 5). Furthermore, a clear increase in the
efficiency for factors increasing from 0.5 to 1 can be noticed and is related to the increase
in the head (see Figure 6). The highest total efficiencies in all of the pumps investigated
(efficiency of about 42%) were achieved by the KSB 8065200 and 50160D174, depending on
the scaling factors. The KSB8065200′s pump and turbine efficiencies (see Figures 4 and 5)
were correspondingly rather high.
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Figure 3. Total efficiency for equal scaling factors SPV = SL for various centrifugal pumps.
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Figure 4. Electrical pump efficiency for equal scaling factors SPV and SL various centrifugal pumps.
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Figure 5. Electrical turbine efficiency for equal scaling factors SPV = SL for various centrifugal pumps.
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Figure 6. Optimized head for equal scaling factors SPV = SL for various centrifugal pumps.

3.4. Average Electrical Pump Efficiency

Out of the 11 investigated pumps from Table 2, the F080-240A-2202H-W2B and Andritz
EST 65-160 centrifugal pumps showed the best BEP pump efficiency, with more than 80%.
The results of the simulation showed a comparably good average electrical pump efficiency
(see Equation (6)) of slightly below 70%. This deviation can be explained by the fact that
the simulations were based on variable speed operations. As a result, the pump is not
always operating at its best point and is also in the partial-load range, where the efficiency
is lower than the best point efficiency. In addition, the efficiency losses due to the motor and
FUM were also taken into account in calculating the averaged value. The KSB 50160D174
pump had a very good pump efficiency for pumps smaller than 22 kW. For pumps with a
power greater than or equal to 22 kW, the pump efficiency showed a trend similar to that of
the total efficiency (see Figure 3). The KSB 8065200 and the Herborner F080-240A-2202H
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showed the best efficiency in this diagram, and the optimum efficiency specified by the
manufacturer was also in the upper range at over 80%.

3.5. Average Electrical Turbine Efficiency

The average electrical turbine efficiency of the pumps (see Figure 5) increased between
scaling factors 0.5 and 1, which was similar to the behavior observed previously regarding
pump efficiency. The pump with the best turbine efficiency varied depending on the scaling
factor. Around a scaling factor of one, the KSB 50160D174 pump had an electrical turbine
efficiency of 62%, but this dropped to below 60% as the factor increased. In correlation
with a (high) pump efficiency, this appliance nevertheless had the best total efficiency. The
second-best electrical turbine efficiency for an output smaller than 22 kW was provided by
the F080-255A-2202H-W2B.

The turbine efficiencies of pumps of 22 kW and above showed significant variations.
Most of the pumps exhibited high electrical turbine efficiencies, with an increasing scaling
factor with a peak between 62–64%, thus higher than the turbine efficiencies for the pumps
at below 22 kW. For high-scaling factors, the KSB 8065200 clearly stood out compared to
the other pumps.

3.6. Head

The optimization process for the simulation model determines the optimal head for
each centrifugal pump and for each scaling factor. These are shown in Figure 6. In Figure 6,
an increase in the optimal head in the range of factors between 0.5 and 1 can be seen for
all heads, which is due to the fact that the best possible head with optimal efficiency can
often not be achieved for consumers with low energy demand and production, i.e., for
small-scaling factor values. This results in the pump and/or turbine running at reduced
efficiency or not at all since the available power was not enough to enter the operation
range. Figure 6 thus directly shows which head would be required at the site in order to use
the system optimally. For most centrifugal pumps, it can be seen that the head stagnated
above a certain scaling factor. The stagnating curves can be related to the limitation of the
maximum possible head of the pumps used. Each pump had a maximum head that limits
its operating range.

3.7. Levelized Cost of Electricity

The LCOE for the micro-pump storage under consideration herein was calculated
using the following formula [48]:

LCOE =
I0 + ∑

n
t=1

At

(1+i)t

∑
n
t=1

Wt, el

(1+i)t

(9)

In year zero t = 0, in which the plant is established, all investment costs are considered
to be I0 and no energy Wt, el is drawn from the pumped storage. For any given year
t between one and the final year n, the sum of costs At consists of the operating and
maintenance costs O&Mt, the possible sale of electricity on the electricity exchange ESt

and reinvestment for replacement purchases RIt. Since the concept considered is in this
case primarily concerned with climate-friendly energy storage, reduction in the grid load
and increasing the self-consumption of the produced energy from the PV system, rather
than an economically profitable investment, the interest factor i was set to 2%. The Federal
Ministry of Finance of Germany publishes the interest rates for economic efficiency studies
under document GZ II A 3-H 1012-10/07/0001. The approximate average of the interest
factor from the years 2005–2020 in this document also gives a value of 2.0% [49]. The sum
of costs At is determined for every year and, in the final year, the residual values of the
components RWt are also taken into account and deducted from the costs:

At = O&Mt + ESt + RIt − RWt (10)
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Figure 7 shows the LCOE for all pumps as a function of the scaling factor for the
optimal site. Comparing the LCOE of the EST65-160 with that of the F065-200A, which has
similarly high total investment costs, the influence of the previously identified significant
improvements are clearly evident. For example, the EST65-160 has slightly lower specific
costs for the electrical components due to the larger nominal power of 15 kW instead of
11 kW. In addition, the overall efficiency of the EST65-160 is slightly higher (Cf. Figure 5).
Altogether, this leads to an LCOE reduction of up to approximately 7 €cent/kWh.
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Figure 7. LCOE for equal scaling factors SPV and SL for various centrifugal pumps.

Within the scope of pumps and boundary conditions investigated, the lowest possible
LCOE of slightly less than 29.2 €cents/kWh can be achieved with rising scaling factors by
using the KSB 8065200. This value, though at first glance seemingly high, is very promising
when compared to the LCOE of around 1.06 €/kWh for a recently built PAT storage
in Froyennes, where the high values result from a small head and a long pipeline [27].
Compared to a value of 1.66 €/kWh [50] for a system with a storage tank in buildings with
an open water tank on the roof, it is even more encouraging. On the other hand, for a
small-scale PV system (>30 kWp) with a lithium-ion battery [51], the LCOE ranges between
approximately 5.4 and 17.2 €cents/kWh. The exact value in this rather wide range depends
on the irradiation and the assumed PV-battery ratio at an assumed interest rate of i = 3%.
For instance, the upper value of 17.2 €cents/kWh was reached for a large battery storage
size (capacity in kWh = 80% of PV system power in kW), while the 5.4 €Cent/kWh applied
to a small battery storage size (capacity of 20% of the PV system power). As of 1 April
2020, commercial customers in Germany paid 23.03 €cents/kWh of electricity based on a
volume-weighted average annual consumption of 50 megawatt-hours [52]. On the same
date, household customers in Germany were paying an average of 33.8 €cents/kWh on the
basic supply tariff with an annual electricity purchase of between 2500 and 5000 kWh [52].
Given the electricity price for household customers, the system could therefore be profitable.
There still remains a gap of around 6.5 cents/kWh in order to reach the electricity prices
for commercial customers, which may be closed in the future by further rising electricity
prices. So far, and especially in the months of September and October, 2021 shows a sharp
increase in the price of electricity on the exchange [53]. It remains to be seen how this will
affect end-customer prices. Since the profitability of the pumped storage always depends
on the difference between the costs of the energy obtained from the grid and the potential
sales revenue on the electricity exchange, strong fluctuations in the exchange and end
prices can have a significant impact—both positive and negative—on the profitability of
the pumped storage.
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A large contribution to the LCOE is made by (specific) investment costs for the FUM,
motor, and pump (see Figure 2). As a result, the LCOE results in Figure 7 showed a
behavior similar to that observed in Figure 2. As the scaling factors increased, the costs
were spread over larger amounts of stored energy, and the specific costs decreased. As
shown in Figure 7 of the LCOE, the three pumps (KSB 8065200, F080-255A-3002H-W2B, and
F080-255A-3704H-W2B) became the most economical pumps with an increasing scaling
factor. Looking at Table 1, it becomes clear that the KSB 8065200 is rather inexpensive for a
30 kW pump. In this case, the motor and pump were procured separately, which offers a
cost advantage compared to the purchase of a complete system of the pump, including the
motor. Figure 7 also clearly illustrates that, in most cases, pumps with a larger rated power
achieve a lower LCOE. Only in areas with a scaling factor of less than one do pumps with a
lower nominal power perform better. However, this sector is already rather uneconomical
(see Figure 7). Combining these results for the LCOE with the corresponding results for the
optimal heads, it becomes clear that these are located in the range of 70–80 m. Compared
with the maximum head in Froyennes, which is about 11 m [27], the optimum head found
in this study would be up to seven times higher. This is one of the main reasons for the
high LCOE in Froyennes.

Finally, it should be noted that for all of the pumps investigated, a choice of geodetic
heads suitable for the pump is crucial for the economic efficiency of the system.

4. Simulation Results for Various Scaling Factors Using the Example of the
KSB 8065200

In order to cover a larger scope of load and PV generation scenarios, this section will
now analyze the impact of various scaling factors for the load and generation profiles using
the example of the KSB 8065200. This pump was selected for the extended analysis because
it had the best LCOE of all simulated pumps and offered a very good total efficiency. In
addition, a large part of the turbine map was provided by the manufacturer, so only a small
portion had to be extended using similarity relationships. Therefore, improved accuracy of
the results can be expected. The plots (as, e.g., in Figure 8) were created with the MATLAB fit
function [54] using cubic interpolation between data points. In Section 3, the scaling factors
for PV (SPV) and annual energy demand (SL) varied but remained equal (i.e., SPV = SL).
In order to cover various load scenarios, SPV and SL are then varied independently.
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Figure 8. LCOE for various scaling factors SPV and SL for the KSB 8065200.

As can be seen clearly in Figure 8, the LCOE of the pump decreased if any of the two
scaling factors rose. The lowest LCOE can be achieved if both scaling factors are large,
as was already demonstrated in Figure 7 for the special case of SL = SPV . Even with a
relatively low PV output and high energy consumption, an acceptable LCOE of around
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29.2 €cents/kWh can be achieved. Considering the LCOE and the ratio of WPV/WL, the
slightly better results were obtained at a ratio slightly above one. This can be understood
easily given that, if the PV power is too small, the storage tank cannot be filled sufficiently.
So, there is, of course, no storage content that can be discharged afterwards.

The maximum total efficiency (Figure 9) of 42.6% was reached for SPV = 4.0 and
SL = 4.0. In addition to the LCOE, Figures 10 and 11 show the electrical pump and turbine
efficiencies. Both figures show a low efficiency for scaling factors smaller than one and an
increase with rising scaling factors.
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Figure 9. Total efficiency for various scaling factors SPV and SL for the KSB 8065200.
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Figure 10. Average electrical pump efficiency for various scaling factors SPV and SL for the
KSB 8065200.
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Figure 11. Average electrical turbine efficiency for various scaling factors SPV and SL for the
KSB 8065200.

For SPV = 2.0 and SL = 3.0, a local minimum of the electrical pump efficiency (Figure 10)
is reached, whereas the electrical turbine efficiency (Figure 11) is at a local maximum.
However, it should be noted that the total variation of efficiencies is only around three
percentage points. For the factors SPV = 2.0 and SL = 1.5, the conditions were reversed, and
the turbine reached a minimum and the electrical pump efficiency a maximum.

In summary, it can be concluded that a suitable combination of high pump and turbine
efficiencies is of significant importance in obtaining a high level of total efficiency. However,
the trade-off is that improving the turbine efficiency often leads to a reduction in pump
efficiency or vice versa.

5. Conclusions

Summarizing on the basis of the previous graphical representations of the efficiencies,
it can be said that the correlation between pump and turbine efficiency plays a major role
in the use of the pumps in PAT operation. Generally, it can be said that the efficiencies
for small power plants (i.e., scaling factors of <1) are too low for an economical operation.
Moreover, an increase in the efficiency at the scaling factors from 0.5 to 1 can also be seen.
A subsequent leveling off, on the other hand, does not follow for every pump, which may
be related to increasing or stagnating heads. Based on the total efficiencies (Figure 3), it can
be seen that, with increasing factors, the efficiencies of the pumps below 22 kW are more
dispersed, showing poorer total efficiencies. In contrast, four of the pumps with a power
greater than or equal to 22 kW had a similar curve and a total efficiency of around 40% for
high generation and load scenarios. It should also be noted that the PAT with the best total
efficiency is not always the most economical pump. High efficiency is a basic prerequisite
for profitability, but many other factors such as the head, specific costs, generation, and
load scenarios, as well as the efficiency in the partial load range, play a major role. As an
operating strategy, speed control using a frequency converter was shown to be the most
sensible method of economical operation [15]. Basically, due to the high specific costs, no
PAT with an output of less than 22 kW should be selected. As was to be expected, larger
pumps were shown to lead to lower specific costs. For pumps with a nominal power of
greater than 40 kW, however, the specific costs are barely reduced. Therefore, only minor
savings can be expected by increasing the nominal power beyond this amount. The ratio
of WPV/WL, as provided in Table 1, at around 1.6, has turned out to be quite an optimal
ratio, depending on the scaling factor. Qualitatively, it can be easily understood that the
optimal ratio of WPV/WL needs to be larger than one since smaller values indicate that the
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generated energy WPV is not sufficiently larger than the energy demand WL, which in turn
leads to the fact that the storage can often not be filled sufficiently.

Even as it is important to keep in mind that the results are subject to calculation inac-
curacies of the turbine maps (see Section 2.2.1), this quantitative examination nevertheless
shows that pumped storage with a pump as a turbine can achieve a passable LCOE of
around 29.2 €cents/kWh if the nominal power of the pump is sufficiently high and the
specific costs can thus be strongly reduced. While the use of PATs in water networks may
lead to short payback periods, for example, of six years, the use of a PAT in an MPS faces the
challenge of achieving economic operation at all. Nevertheless, if the results obtained in this
study are compared to the LCOE of the MPS from Froyennes of around 1.06 €/kWh [27], or
a storage tank in buildings with a value of 1.66 €/kWh [50], an LCOE of 29.2 €cents/kWh
seems very promising.

In the future, it is planned to further increase the accuracy and reliability of the results
reported here by using measured instead of calculated turbine maps for the simulations. In
this context, a test bench is currently being set up to measure characteristic maps and create
a database that will allow new simulations to be performed. Furthermore, more accurate
calculation methods recently published [55] could be used to further increase the reliability
of the results.

In summary, it can be said that an MPS system with a pump as a turbine can achieve
profitability in the future. However, this will require further cost savings or further increases
in electricity prices. Moreover, only a few locations are suitable for the profitable use
of micro-pump storage because so many conditions have to be fulfilled. A sufficiently
sized PV system, a pre-existing storage basin, sufficient head (around 70 m or more), and
appropriate energy consumption are all required. Taken together, this considerably limits
the availability of possible locations. The PAT itself should preferably have a nominal
power of 22 kW or higher, high efficiency in turbine and pump mode, which preferably
extends well into the partial load range. Of course, the PAT must also be adapted to the
head, the flow rates, as well as the power of the load and of the PV system. If all these
conditions are fulfilled, economic viability may well be possible, but each case has to be
examined individually. Based on the results presented in this article, a pre-selection of
suitable PATs can be performed for a given prospective MPS site. In a second step, the
simulation model can be used to evaluate the economic feasibility for these pumps at the
given site in more detail.

The envisioned transition to a more sustainable future with a carbon-free and electricity-
based energy system will require storage systems of all sizes and many types. For small
and decentralized energy storage, concepts such as those presented in this publication
could contribute to the overall solution.
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Nomenclature

Symbol/Abbreviation Interpretation
At sum of costs
dN nominal pipeline diameter
ESt possible energy sales proceeds
fD Darcy friction factor
g gravitational acceleration
H head
Hgeo geodetic head
HL head of the idle point
Hm arithmetic average value of the head
HN head at nominal speed
Hoptim optimized head
Hopt head at the best efficiency point
Hr head corresponding to the respective speed
HT turbine head
i discount rate
I0 investment costs
Iel investment for motor and frequency inverter
IP pump investment
kW p nominal power (PV)
LCOE levelized cost of energy
Lpipe pipeline length
M torque
n rpm
nN nominal speed
nq specific speed
O&Mt operating and maintenance costs
Phydr hydraulic power
PL power demand (consumer)
Pn nominal output
PN power at nominal speed
Pmax maximum power in pump mode
PP pump power
PP,el electrical pump power
PPV PV power
Pr power corresponding to the respective speed
PT turbine power
PT, el electrical turbine power
PT,mech mechanical turbine power
Pv power loss
PPV PV power
Q flow rate
QL flow rate of the idle point
Qm arithmetic average value of the flow rate
Qmax maximum flow rate
Qmin minimum flow rate
QN flow rate at nominal speed
Qopt flow rate at the best efficiency point
Qr flow rate corresponding to the respective speed
QT turbine flow rate
RIt reinvestment costs
RWt residual values
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Symbol/Abbreviation Interpretation
SL scaling factor for the annual energy demand
SPV scaling factor for PV power
t period of time
.

V volume flow
V storage capacity
Voptim optimized volume of the storage
WGrid grid energy
Win total energy input
WL annual energy demand
Wout total energy output
WPV annual energy production of the PV system
Greek letters Interpretation
ζtot total dynamic loss coefficient of fittings
η efficiency
ηel electrical efficiency
ηP,el average electrical pump efficiency
ηT,el average electrical turbine efficiency
ηopt best efficiency point
ηP,opt best pump efficiency given by the manufacturer
ηq specific speed
ηT turbine efficiency
ηtot total efficiency
ηT,mech mechanical turbine efficiency
ρ density

Appendix A

This appendix describes a possible procedure for calculating the speed characteristic
according to Gülich [28]. The values given by the manufacturer for the flow rate QP,opt, the
head HP,opt, the nominal speed nN , and the efficiency ηopt at the best efficiency point of
pumping operation of the centrifugal pump used serve as the basic data. From this, the
necessary parameters in turbine operation are calculated in the next steps, where the index
T stands for turbine mode and P for pump mode, respectively.

The first step is the determination of QT,opt, HT,opt and the specific speed nq at the
turbine BEP of operation. There are two variants for the calculation, from which an average
value is then formed.

• For the first variant, the BEP in turbine operation is determined from the BEP data of
the pump using the following empirical formulas:

QT1,opt = QP,opt ·
1

(ηP,opt)
0.8 (A1)

HT1,opt = HP,opt ·
1

(ηP,opt)
1.2 (A2)

• For the second variant, the BEP in turbine operation is also calculated from the BEP of
the pump using another set of empirical formulas:

QT2,opt = QP,opt · (
2.5

ηP,opt
− 1.4) (A3)

HT2,opt = HP,opt · (
2.4

(ηP,opt)
2 − 1.5) (A4)

• Gülich states that both methods (Equations (A1)–(A4)) can also be used and an arith-
metic mean can be formed from them. When comparing the calculations with the
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characteristic diagrams given by the manufacturer, the arithmetic mean of the values
has proven to be the best method, which is why this is used in our calculations. The
the arithmetic average value Qm and Hm is calculated from both variants as well as
the determination of the specific speed of the turbine via the formulas:

Qm =
QT1,opt + QT2,opt

2
(A5)

Hm =
HT1,opt + HT2,opt

2
(A6)

ηqT
= ηqP

·
(

1.3 · ηP,opt − 0.3
)

(A7)

• To determine the turbine characteristic curve at the nominal speed nN , the no-load
characteristic curve, which at the same time represents the lower limit of the character-
istic diagram. The no-load point QL,N , HL,N are calculated according to Equation (A8).
For this, the specific speed of the pump ηP,q is required.

Determination of the specific speed of the pump:

nP,q = nN ·

√

√

√

√

QP,opt

fq

HP,opt
0.75 (A8)

• Calculation of the idle point QL,N , HL,N for the nominal speed nN :

QL,N = Qm · (0.3 +
ηP,q

400

)

(A9)

HL,N = Hm · (0.55 − 0.002 · ηqP

)

(A10)

• For the approximation of the turbine characteristic HT = f (QT) the characteristic
curve runs as a parabola through the BEP of the turbine. The head HT depends on the
flow QT and is calculated using the following formula:

HT = Hm − Hm − HL,N

Qm
2 − QL,N

2 −
(

Qm
2 − QT

2
)

(A11)

• Calculation of the idle speed characteristic curve (LLK):

The characteristic curve is determined using formula (A12), where QL,x is an individual
volume flow on the no-load characteristic curve. At the no-load point, the torque M is
0 Nm. The idling characteristic connects all points H(Q), which are located at different
speeds for M equal to 0 Nm and thus forms a parabola through the coordinate origin.

HL = HL,N ·
(

QL,x

QL,N

)2
(A12)

• Calculation of the turbine efficiency ηT,opt for the nominal speed:

The efficiency is calculated from the quotient of the optimum efficiency and the specific
speed of the pump by means of the formula:

ηT,opt = ηP,opt ·
(

1.16 − ηqP

200

)

(A13)

The efficiency curve is then determined from a graph in which ηT,opt/ηP,opt is plotted
as a function of the ratio of Q−QL

Qopt−QL
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• The turbine power can then be calculated using the following formula:

PT = ηT · ρ · g · HT · QT (A14)

Appendix B

A detailed description of the simulation program sequence is provided as follows.
Initially, all required data are gathered by the program. The relationship between the water
volume V in the storage reservoir to the pump and the turbine flow through the PAT (QP

and QT , respectively) is given by the following ordinary differential equation:

.
V = QP−QT (A15)

It should be noted that no external water inflow or evaporation is considered. To
solve this numerically, QP and QT have to be obtained from characteristic maps. There
is a set of two maps each for the turbine and pump operation, respectively. The map
HT(QT , n) represents the dependency of head HT on flow and speed, while the second map
PT (QT , n) shows the power (from which the efficiency can also be obtained). Accordingly,
pump operation is described by HP(QP, n) and PP(QP, n).

The difference between PV power and power from the load profile PPV−L = PPv − PL

results in the possible pump PP(QP, n) or turbine PT(QT , n) power depending on the flow
and speed and taking into account the efficiency of the electrical components in the drive
unit ηel :

PP,mech= PPV−L · ηel (A16)

PT,mech=
−PPV−L

ηel
(A17)

To determine the resulting head, taking pipe losses h f into account, the system’s

characteristic curves H
( .

V
)

P
and H

( .
V
)

T
have to be defined. The curves depend on

the flow
.

V, the Darcy friction factor fD, the dynamic loss coefficient ζtot, gravitational
acceleration g, pipe length Lpipe and diameter dN [56,57]:

HP

( .
V
)

= Hgeo +

[

fD

( .
V
)

·
Lpipe

dN
+ ζtot

]

(

4·
.

V
3600s/h· π·dN

2

)2

2 · g
(A18)

HT

( .
V
)

= Hgeo −
[

fD

( .
V
)

·
Lpipe

dN
+ ζtot

]

(

4·
.

V
3600s/h· π·dN

2

)2

2 · g
(A19)

The operating point (Qi,n) is now determined by numerically solving the
following equations:

Pi(Qi, n) = Pi,mech (A20)

Hi(Qi, n) = Hi

( .
V
)

(A21)

where i = T for turbine mode and i = P for pump mode, respectively.
Graphically, this corresponds to the intersection of the system’s characteristic curve

Hi(Qi) with the turbine or pump power isoline corresponding to the power Pi,mech. The flow
rate and speed at the intersection point can then be read directly from the characteristic maps.

The limit values of pump or turbine operation are the lines for maximum nmax and
minimum speed nmin, as well as the line for minimum Qmin and maximum flow Qmax. It is
also important to provide hysteresis to prevent the turbine from shutting down immediately
after starting due to a small drop in load request.

In total, the water volume of the storage tank is determined by numerical integration,
and the states “storage tank full” and “empty” are defined. The simulation model provides
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results for every point in the time of year for all system variables, such as storage level,
turbine and pump flow, power, and so on. The annual electricity balance can then be
obtained from these results and a profitability calculation can be performed.
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Abstract: The induction faucet has been widely used in public due to its advantages of convenience,
sanitation, water, and electricity saving. To solve the problem of environmental pollution caused
by dry batteries used in induction faucets, a suitable micro pipe mixed-flow turbine installed in a
tap-water system with only 15 mm in diameter, that uses the pipeline water pressure to generate
electricity for the induction faucet was designed and developed, based on computational fluid
dynamics (CFD) and model tests. According to the specific speed, a preliminary design of each
flow component of the turbine was first produced. Then, using the multi-objective orthogonal
optimization method, the optimum test schemes were determined, and the influence of various
test factors on the turbine’s hydraulic performance was revealed. Under the design flow rate, the
turbine’s power output and efficiency were 6.40 W and 87.13%, respectively, which were 34.45% and
4.99% higher than those of the preliminary scheme. Both the power output and efficiency of the
optimized turbine met the design requirements. Numerical and model test results showed good
agreement, where the deviation in turbine power output predictions was below 5% under large
flow condition. Model test results also showed that the turbine can be started as long as the inlet
flow is greater than 0.14 kg/s. Overall, the micro-pipe turbine designed in this paper exploits the
(mostly wasted) water kinetic energy in induction faucets for power production, contributing to
environmental pollution reduction and realizing energy conservation.

Keywords: tap-water pipeline; micro-pipe turbine; selection design; multi-objective optimization;
orthogonal test; model test

1. Introduction

Water is essential for life and plays an irreplaceable role in the human production and
proper functioning of the Earth’s ecosystems [1]. Water quality and quantity are major
environmental problems, and important factors affecting human health and safety [2]. With
the current global progress in science and technology there has been an improvement in
people’s awareness of energy conservation and environmental protection and the induction
faucet has been become widely used in various public places. This has come as a result of
several advantages being linked to its use, such as convenience, sanitation, and water and
electricity saving. However, many sensors in the induction faucet have relied on battery
power supply due to the fact that their locations make it hard to connect to local utility
grid power [3]. Generally speaking, the batteries in an induction faucet need to be replaced
every two to three months. Extensive use of an induction faucet will require a large number
of batteries, which will cause pollution to the environment and soil if the batteries are not
properly handled [2,4]. However, the environmental pollution from batteries usage can
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be solved by changing the power supply mode of sensors in the induction faucet, which
would make the induction faucet more energy-saving and environmentally friendly.

Therefore, this has become the main challenge for many researchers. McNabola
et al. [5] indicated that water supply is a core service on which civilized society depends,
and which involves considerable energy consumption and economic cost. They showed
that a break pressure tank installed in water supply networks to resolve the high flow
pressure provides the opportunity to recover energy from networks through a hydropower
turbine system. Moreover, they proved that the above approach showed preliminary
technical and economic feasibility, so as to minimize energy consumption. Eventually,
more and more investigators turned their attention to the utilization of micro-hydropower
in water systems to take advantage of the excess energy in the pipelines. In a recently
conducted study [6], a micro-pipe turbine (MPT) installed in a tap-water pipeline was grad-
ually developed and utilized. Its working principle is as follows: this micro-pipe turbine is
designed to be driven by water kinetic energy, where, through the connecting shaft, the
MPT drives the generator to produce usable electrical power. Then the generator charges
the battery of the sensor after sending out an AC electric signal, thus providing power for
the detection equipment of the water supply pipeline (WSP). Finally, the conversion of
fluid kinetic energy, mechanical energy, and electric energy is realized. The entire MPT
system is closed in a rectangular box, only leaving out the inlet and outlet pipes. The
box is fully installed in the tap-water pipeline connected to the induction tap, and the
bottom of the box is fixed to the wall or floor. The water flows through the MPT to drive
the generator, and the electrical energy is stored in the rechargeable battery to realize the
constant power supply for the induction faucet. In the production process of the MPT, the
engineering plastic polyamide material would be selected for its advantages such as the
low cost, long service life, small volume, and light weight. 3D printing technology has been
used to manufacture MPT, which is convenient and cost-effective. The excellent features
of this MPT system are, among others, the associated convenient installation, small size,
simple production process, stable power supply, long service life and replacement cycles,
environment-friendliness, and energy conservation ability.

Some investigations have been done to study the hydro energy harvest in the water
pipelines, and several attempts have been made to select or design proper turbines [7,8].
For example, Du et al. [9] investigated the impact of the runner inlet arc angle on the per-
formance of an inline cross-flow turbine in urban water mains. Sinagra et al. [10] suggested
a cross-flow with positive outlet pressure (a power recovery system), which could provide
potential energy consumption service with additional significant hydropower production.
Generally, in line with the placement mode of the main shaft, micro hydro turbines can
be divided into horizontal axis and vertical axis types, which are derived from the wind
turbines [11]. Sakti et al. [12] studied a horizontal-axis type in-pipe hydro-turbine by using
the SolidWorks simulation method, where the best combination of deflector design and
blade curvature angle was realized. Li et al. [13] designed an ultra-low head turbine, which
was similar to a marine and hydrokinetics turbine, but their research focus was on the
performance of composite runner blades. Several mini bulb propeller turbines which also
can be installed inside water pipelines have been developed [14]. Ferro et al. [15] designed
the rotor blades of a mini hydraulic turbine using a quasi-three-dimensional method and
the results validated the design hypothesis of small flow velocity through the rotor. Samora
et al. [16] optimized and tested a new five-blade tubular propeller turbine with an 85 mm
diameter for pipe inline installation. Study results showed that this turbine has potential
for further development since the efficiencies were around 60%. Compared to the hori-
zontal axis type, vertical axis type of pipeline turbines have attracted more attention due
to linked advantages of flow direction holding, simple structure, small space, and easy
installation. Chen et al. [3] developed a novel vertical-axis water turbine for hydropower
harness inside water pipelines and found that the rotor with a hollow structure combined
with an eye-shaped slanted block in a pipeline could achieve the maximum power as
compared with other types of vertical-axis rotors. The vertical-axis-type micro-turbines
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mainly consist of two sub-types. One is the lift-type and the other is the drag-type. The
lift type hydro turbine, also known as the Darrieus type, was developed for big water
pipelines (pipe diameters larger than 25 inch) by Lucid Energy [17]. Langroudi et al. [18]
conducted new spherical lift-based in-pipe turbine modelling and parameterization re-
search, and the power coefficient, the probability of cavitation, and the pressure coefficient
obtained by using a reasonable numerical methods were validated with some experiments.
Oladosu et al. [19] generated a pipeline lift-based spherical turbine with NACA 0020 airfoil
cross-section, which showed appropriate energy extraction in water distribution pipelines
with diameters of 250 mm. Though this lift-type MPT exhibits good energy performance
after reasonable design, the start-up performance is still a big problem due to the dynam-
ically stalled blade characteristics [20,21]. The drag-type turbine, sometimes named the
Savonius turbine, has also been successfully developed and utilized on different occasions.
Payambarpour et al. [22,23] performed a parametric study on a 3D modified Savonius
turbine with a deflector in a 100 mm water pipe by using both experimental and numerical
methods, where they found that the relationship between the flow rate and aspect ratio
depended on the blockage coefficient. Chen et al. [24] designed a drag-type vertical-axis
hydro-turbine for pico-hydropower in water pipelines and conducted an optimization
study based on previous design scheme. The proposed turbine showed good performance
at the velocity rage from 1.5 m/s to 3.5 m/s and the rotating speed range from 100 rpm
to 1000 rpm. Yang et al. [25] compared the start-up hydraulic performances of a lift-type
and a drag-type hydro-turbine. The results showed that the lift-type turbine gives better
hydraulic characteristics in terms of tip speed ratio and power coefficient than those of the
drag-type turbine, while the drag-type turbine displays better start-up performance than
the lift-type.

Compared to other turbines, energy recovery from water supply systems using pumps
as turbines (PATs) presents many advantages such as the marketable availability, low
investment cost, and easy installation and maintenance. This has increasingly attracted the
attention from many field players and researchers, where PATs have been considered to be
an effective way to generate power in water pipelines. Different studies have been carried
out to verify the feasibility of PAT technology in water pipelines, using computational fluid
dynamics (CFD) techniques [26–28]. Fontana et al. [29] investigated the water distribution
system in one district of Naples (Italy) to assess the hydropower generation potential
using the PATs, where it was found that the PATs could achieve a good balance between
hydropower recovery and head reduction. Du et al. [30] numerically and experimentally
studied the performance of a PAT, which was selected through the application of empirical
equations, based on the given working conditions in one typical high-rise building. The
results verified that the PATs are a good way for avoiding excessive water-head reduction
at higher flow rates. Kramer et al. [31] investigated a PAT device both in the laboratory
and in the field to improve the economic profitability of energy recovery plants at low
installed capacities (around 15 kW). Buono et al. [32] used 3D CFD modeling methodology
to study a PAT installed in a hydraulic urban network. The maximum efficiency was found
to be 66.3%. De Marchis et al. [33] developed a hydrodynamic model of a PAT, which
was applied in the Palermo district network (Italy). Their analysis indicated that a really
attractive capital payback period could be achieved if PATs are installed in the pipes located
close the water supply node. Pérez-Sánchez et al. [34] defined a new approach to estimating
the PAT best efficiency point and predicting its energy performance curve, the accuracy of
which was verified using an experimental database. However, due to the fixed geometrical
characteristics and inner flow space, the PAT performance in terms of head reduction
was easily affected by the variation of flow discharge. To solve this problem, Carravetta
et al. [35] designed a PAT installation scheme, which ensured that PAT operating conditions
stayed around their best efficiency point, where at the same time, PAT’s water pressure
reduction task was effectively performed. For PATs, the fundamental blade design only
considers its pump mode of operation (normal hydraulic pump operation). Therefore, PAT
flow dynamics under reverse operating mode do not conform to the conventional turbine
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design concept. Meanwhile, due to PAT’s lack of guide vanes (GV), it is difficult to form an
appropriate in-flow velocity at the runner inlet, resulting in a relatively low efficiency.

Due to their comparatively big sizes, existing MPT designs don’t fit the power gen-
eration task within micro-pipes (pipe diameter less than 15 mm) with very small flows.
Moreover, their operational efficiency has been less than 65% for most of the so-far-tested
pipe turbines, which indicates the associated low extraction rate of water-contained energy
within water pipelines. In this paper, a high-efficiency and stable mixed-flow turbine
was applied to a micro tap-water-pipe power generation system that was only 15 mm in
diameter. This turbine uses the water pressure in the WSP to kick off its rotational motion,
and generates the electrical power to feed the induction faucet batteries. The main goal
of this study was to design and develop an efficient micro turbine that specifically met
two performance requirements, namely low-flow-rates start-up and having enough output
power. To this end, the design process is shown in Figure 1 and the structure of the paper
is as follows: In Section 1, which is the introductory section, the research background to the
present study is discussed. In Section 2, the preliminary design of the MPT is explained.
Then the hydraulic design and optimization of the concerned turbine, based on orthogonal
optimization method and numerical simulation, are discussed in Section 3. In the same
section, these methods are verified through experimental testing. Finally, Section 4 contains
the study’s main concluding remarks.

 

Figure 1. Design process of the MPT.
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2. Preliminary Design of the MPT
2.1. Determination of Basic Parameters

2.1.1. Design Head

The pressure at the end of the urban water supply network is 0.14 Mpa, that is, the
water head is 14 m according to the requirements of the national water supply pressure
service code of China. However, the kinetic hydraulic power inside WSP is mainly used
to drive the water flow, and only superfluous head or small part of water energy can be
used by turbines to generate electricity. Considering the pressure loss of water flow in the
pipeline, the head is taken as 3 m.

2.1.2. Design Discharge

On the basis of the actual specification and size of the WSP, the diameter of the four-
branch pipe is 15 mm, and the flow rate is set at 1.5 m/s [36], so the discharge Q can be
calculated by the following equation:

Q =
π

4
d2ρu (1)

where d is the pipe diameter, ρ is the water flow density (1000 kg/m3), and u is the water
flow velocity. Based on the known conditions, the design flow rate can be calculated as
0.265 kg/s.

2.1.3. Design Power Output

In order to offer continuous and stable power for the monitoring system in induction
faucet, a rechargeable storage battery is installed between the control circuit and the
induction faucet. The electric energy emitted by the generator first charges the battery, and
then the battery supplies power to the induction faucet, since the power consumption of
the induction faucet is less than 6 W.

2.1.4. Design Rotational Speed

The operating voltage of the rechargeable battery is 4 V, and the output current of the
generator needs to reach 1.5 A in order to meet the power supply requirements. Due to the
small size of the MPT and the high speed rotation driven by the water flow, a micro-sized
high-speed generator independently developed by a company in Zhejiang Province, China
was adopted. When the speed of the generator is 3500 r/min, the output current is 1.5 A.
Thus, the design speed of the MPT is 3500 r/min.

2.2. Determination of Turbine Type

The specific speed ns is an important characteristic parameter of water turbine classifi-
cation, and its definition can be expressed as follows [37]:

ns =
n
√

P

H5/4 (2)

where n, P, and H are the rotational speed, power output, and water head of the MPT, respectively.
According to the above basic design parameters of MPT, the calculated specific speed

is about 50 m·kW, which is a low specific speed. Generally, micro hydro turbines can be
classified into two general types based on their working principle: (1) impulse turbines used
for high heads of water and low flow rates and (2) reaction turbines normally employed
for heads below about 450 m and moderate or high flow rates. Meanwhile, according
to the different types of reaction turbine applicable speed range, the Francis turbine was
selected. Finite element studies have been widely used in structural analysis [38–40].
Many studies show that Francis turbines not only perform well, but also have a stable and
reliable structure [41,42]. Moreover, the flow in WSPs is usually unstable, so the energy
performance of axial flow hydraulic machinery is obviously affected by the tip leakage
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flow [43], and the mixed flow structure has better stability. A Francis turbine consists of
spiral casing, water guiding mechanism, runner, and draft tube.

2.3. Initial Modelling

For initial models (Figure 2), the diameter of runner was 30 mm, a curved-shape
upper crown and lower ring were adopted, the number of runner blades was preliminarily
selected as 13, and the blade thickness was 1mm. The distribution circular diameter of GV
was 33 mm, the number of GV was temporarily 12, and negative curvature blade profile
was initially chosen. The volute form employed a combination of circular and elliptical
sections with an wrap angle of 345◦. The draft tube adopted a straight, tapered shape
with a cone angle of 12◦ and the length and outlet diameter of draft tube outlet were both
15 mm, which was limited by the diameter of the tap-water pipeline.

 

0

2

( )

ρ

− ω

Figure 2. MPT computational domain and components.

2.4. Numerical Simulation of the Initial MPT

2.4.1. Governing Equations

The water flow in the WTP is an incompressible viscous and turbulent fluid, so the
continuity and the quasi-steady-state Reynolds-Averaged Navier–Stokes equations can be
expressed as follows [44]:

∂ui

∂xi
= 0 (3)

ρuj
∂

∂xj
(ui) = ρFi −

∂p

∂xi
+ µ

∂2ui

∂xj∂xj
(4)

where ui and uj are the velocity components in different direction, i, j = 1,2,3, and to simplify
the equation form, Einstein summation convention were used for the subscript i and j; xi

and xj are the Cartesian coordinate components, i, j = 1,2,3; ρ is the density of fluid, Fi is
the mass force, p is the pressure, and µ is kinematic viscosity.

The finite volume method was adopted to discretize the controlling system of equa-
tions [45]. The Menter’s shear stress transport k − ω turbulence model was chosen to close
the governing equations due to its effective prediction for cases involving flow separation
under adverse pressure gradient conditions [46,47]. To obtain an accurate calculation,
the second-order center-difference scheme for the pressure term was employed and the
second-order upwind scheme and implicit solution were applied for momentum item,
turbulent dissipation rate, and turbulent kinetic energy. The semi-implicit method for
pressure-linked equations-consistent method was adopted for the coupling of velocity and
pressure of turbulent flow.

2.4.2. Grid Partition and Boundary Condition

The CFD calculation domain consists of six parts: the inlet passage, the guide vanes,
the spiral casing, the runner, the draft tube, and the outlet passage. The grid partition
method was applied for grid generation, and the interfaces were defined to connect different
parts. Generally, the quality and quantity of the grid have a major impact on the accuracy
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of numerical simulation results [48]. The ANSYS-ICEM meshing software is used to
generate the grid. Considering the complexity of turbine’s geometry, the unstructured
mesh was generated throughout the whole MPT model due to its superiority in terms
of fast-generation speed and good adaptability for most complex structures [49]. The
local mesh-refinement method was adopted for runner and the guide vanes, and the fluid
regions were directly divided in volume grids.

In this paper, 10 layers of grids were defined in the boundary layer around the guide
vanes and runner blades wall to reduce the y+ value near the wall region, and finally
the y+ region was 8~60, since the main concern of this research was the turbine’s power
output. In order to reduce the influence of grid number on the simulation results, five grid
schemes were tested (Table 1). From the table, when the grid number of the whole model
came to 4.0 × 106 (S3), the relative variation ratio of turbine’s efficiency was no more than
0.1%. After weighing computing resources and grid computing accuracy, the grid-division
S4 was chosen, where the total grid number of flow components was 4.7 × 106, and the
minimum quality was no less than 0.3.

Table 1. Mesh independency verification.

Scheme Grid Number (106) Efficiency (%)

S1 2.8 81.64
S2 3.5 81.88
S3 4.0 82.97
S4 4.7 82.99
S5 5.3 83.01

In addition, the mass flow inlet with a value of Q = 0.265 kg/s was chosen as the
inlet and the pressure outlet was applied to outlet for MPT. The interfaces were used for
information transmission between the calculation areas. The runner zone was simulated
by the moving reference frames method with the rotational speed of 3500 r/min. A no-slip
boundary condition was imposed to the solid walls, and standard wall functions used for
the near-wall region [42]. The convergence criteria of the residuals at each iteration were
below a typical criterion of 10−5.

2.4.3. CFD Results of the Initial MPT

Table 2 shows the calculation results of the initial MPT model. The power output and
efficiency of the initial MPT model were 4.76 W and 82.99%, respectively, which were close
to the design requirements but did not yet meet them. So optimization should be carried
out to reach the design goal, where the power output of 6 W and an 85% efficiency are
the target.

Table 2. CFD results of the initial MPT model.

Parameters Value

Head/m 2.22
Runner torque/N·m 0.013

Power output/W 4.76
Efficiency/% 82.99

Hydraulic loss of spiral casing/m 0.064
Hydraulic loss of guide vanes/m 0.128
Hydraulic loss of draft tube/m 0.037

3. Hydraulic Performance Improvement of the MPT
3.1. Orthogonal Experiment Design

The orthogonal experiment is also known as a multi-factor preferred design. When
there are multiple investigated factors and multiple values for each parameter, the or-
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thogonal experiment method is very suitable for exploring the influence among the fac-
tors. Through comprehensive design, integrated comparison, and statistical analysis, this
method can give out better results. Due to the characteristics of balance and dispersion by
balanced sampling in the range of factors for the orthogonal table, each test scheme has
strong representative, so the tests can achieve the purpose of the experiment. Based on the
structural parameters discussed above, the orthogonal experiment method was adopted
to analyze the influence of the parameters on the WPT’s hydraulic performance and to
explore the best combination of them by extremum difference analysis.

The purpose of the orthogonal experiment was to improve the power output P and
efficiency η of the MPT, so the power output and efficiency were selected as the test
evaluation index. Blade number zb (factor A), guide vane profile G (factor B), guide vane
number zg (factor C), and guide vane opening (GVO) α (factor D) were selected for the
orthogonal experimental study, and three levels were taken for each factor. The three
levels of the blade numbers were 11, 13, and 15, respectively. The three levels of the
guide vane type were negative curvature profile (B1), symmetric curvature profile (B2),
and positive curvature profile (B3). The three levels of guide vane number were 12, 14,
and 16, respectively. And the three levels of guide vane opening were 23◦, 25◦, and 27◦,
respectively. The factors and levels are shown in Table 3.

Table 3. Factors and levels of orthogonal experiment design.

Factors
Levels of Factor (t)

r = 1 r = 2 r = 3

A zb 11 13 15
B G B1 B2 B3
C zg 12 14 16
D α 23◦ 25◦ 27◦

The orthogonal layout is represented by Ll(tc). In this layout, L stands for orthogonal
layout, l is the number of experiments, t is the level of factor, and c is the number of
columns (the maximum factors). So the orthogonal experiment design adopted a L9(34)
layout (Table 4) in this study. The L9(34) design was carried out pursuant to the orthogonal
principal in order to examine the influences of the four factors on the power output and
efficiency at the design condition of the MPT.

Table 4. L9(34) orthogonal experiment schemes.

Trail No.
Parameter Combination Indicators

A (zb) B (G) C (zg) D (α) P (W) η (%)

1 11 B1 12 23◦ 4.32 77.99
2 11 B2 14 25◦ 4.70 79.29
3 11 B3 16 27◦ 5.81 76.93
4 13 B1 14 27◦ 4.42 82.89
5 13 B2 16 23◦ 7.76 84.79
6 13 B3 12 25◦ 3.98 76.00
7 15 B1 16 25◦ 6.40 87.13
8 15 B2 12 27◦ 4.02 82.38
9 15 B3 14 23◦ 5.11 74.54

According to the table, only trail No. 5 and 7 achieved the required power output at
the design discharge point. Therefore, the superior scheme was as follows: the optimal
scheme in terms of power output was trail No. 5 (A2B2C3D1, named Scheme (a)) and the
optimal scheme in terms of efficiency was trail No. 7 (A3B1C3D2, named Scheme (b)).
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3.2. Extremum Difference Analysis

The extremum difference value (R) can represent the level of a factor’s influence on
the indicators. The larger the R value, the greater the influence a certain factor imposes on
the indicator. The analysis of extremum difference requires the Kr and Kravg values. These
can be defined as follows:

Kr =
m

∑
k=1

Yk (5)

Kravg =
1
m

Kr (6)

where r is the number of levels, m is total test times for each level, Kr is the sum of test
results when number of the level is r, Yk is the kth index value, and Kravg is the arithmetic
mean value of Kr.

The analysis of different R values is displayed in Tables 5 and 6. According to the
table, the impact of each factor level on the two test indicators can be obtained.

Table 5. Extremum difference analysis of test results for MPT’s power output P (W).

Parameter A (zb) B (G) C (zg) D (α/◦)

K1 14.83 15.14 12.32 17.19
K2 16.16 16.48 14.23 15.08
K3 15.53 14.90 19.97 14.25

K1avg 4.94 5.05 4.11 5.73
K2avg 5.39 5.49 4.74 5.03
K3avg 5.18 4.97 6.66 4.75

R 0.45 0.52 2.55 0.98

Table 6. Extremum difference analysis of test results for MPT’s efficiency η (%).

Parameter A (zb) B (G) C (zg) D (α/◦)

K1 234.21 248.01 236.37 237.32
K2 243.68 246.46 236.72 242.42
K3 244.05 227.47 248.85 242.20

K1avg 78.07 82.67 78.79 79.11
K2avg 81.23 82.15 78.91 80.81
K3avg 81.35 75.82 82.95 80.73

R 3.28 6.85 4.16 1.70

Based on the extremum difference analysis, the influence degree of each factor on the
two evaluation indicators was different. To intuitively demonstrate the influence of each
factor on the evaluation index, we took the factors as the horizontal coordinate and each
evaluation index as the vertical coordinate, and the horizontal index relationship is shown
in Figure 3.

With the increase of zb, the power output first increased and then decreased, the
efficiency continuously rose to a certain value then slowed down. On one hand, as the zb
increased, the extrusion effect of the blades on the water flow increased, causing the climb
of the head and the turbine’s power output. On the other hand, after zb increased, the
total area of the blade increased, and the pressure difference between the front and back of
the blade decreased, resulting in the drop of turbine’s power output. The common action
between the blades’ extrusion effect on the water flow and the blades’ surface pressure
difference affected the power output and efficiency of the turbine.
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Figure 3. Relationship between levels of each factor and evaluation indicators, (a) output index and
(b) efficiency index.

In terms of the guide vane profile (factor B), the positive curvature guide vane had
the minimum power output and efficiency, so this type is not suitable for this MPT. The
symmetrical guide vane had the largest power output because of large volume, which
enhanced the extrusion effect on the water flow, leading to large head and power output.
The negative curve guide vane had the highest efficiency and a higher utilization rate of
water flow energy.

As zg increased, both the MPT’s efficiency and the power output increased. The
increase of zg within a certain range was conducive to guiding the water flow into the
rotating runner and forming a certain circulation amount, which then improved the MPT’s
power output and efficiency.

With the increase of α, the power output continuously decreased, and the efficiency
increased first and then decreased. At the same flow rate condition, the water head rose
and the power output dropped after the α rose. The excessively small or large GVO led
to a large angle of attack at the inlet of the guide vane, resulting in flow separation and
greater hydraulic loss. The large GVO did not allow the water flowing through the guide
mechanism to form circulation before the runner, reducing the power output and efficiency
of the MPT. Therefore, the proper GVO should be determined in the design of the turbine
to improve the power output and efficiency.

From the extremum difference analysis, the superior test scheme of power output and
efficiency index were A2B2C3D1 (named Scheme (c)) and A3B1C3D2 (named Scheme (d)),
respectively. According to the calculation of extremum difference value R, the significant
order of four test factors on the test index was: C > D > B > A for power output and
B > C > A > D for efficiency.

3.3. Optimized Scheme Determination

The two evaluation indicators of this orthogonal test are of the equal importance.
According to the test schemes (a) and (b) obtained from the intuitive analysis above and
the test schemes (c) and (d) obtained from the extremum difference analysis of each index,
the comprehensive frequency analysis of the corresponding levels of the four factors A, B,
C and D was carried out, as shown in Table 7.

Table 7. Factors A, B, C, and D correspond to different horizontal frequency tables.

Factor
Level

A1 A2 A3 B1 B2 B3 C1 C2 C3 D1 D2 D3

Frequency 0 0.5 0.5 0.5 0.5 0 0 0 1 0.5 0.5 0
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From Table 6, both schemes A2B2C3D1 and A3B1C3D2 were superior according to
the integrated frequency analysis method. However, the calculated water head of scheme
A2B2C3D1 was 3.52 m, while the calculated head of scheme A3B1C3D2 was 2.85 m, which
was closer to the design water head of 3m. Furthermore, the efficiency of scheme A3B1C3D2
was the highest when the power output reached 6 W, so the optimal test scheme was initially
determined to be A3B1C3D2. The results of the orthogonal experiment showed that the
ideal design model was as follows: the number of runner blades zb = 15, the guide vane
type is negative curvature profile, the number of guide vanes zg = 16, and the GVO α = 25◦.
After CFD verification, the MPT’s power output and efficiency at design condition were
6.4 W and 87.13%, respectively.

3.4. Analysis of the Optimized Scheme

To verify the optimization results, the average internal flow streamlines in the guide
vane and runner zone were extracted at the design discharge, as shown in Figure 4. The
streamlines in the blade channel at the three spans all presented some obvious vortices on
the front and back of the blades, resulting in disorderly flow pattern and large hydraulic
loss before optimization. The vortex in blade channel of the optimized model is significantly
reduced, and only small vortices appear on the back of the individual blades. The velocity
distribution is relatively uniform, and the streamlines are overall smooth and the flow
pattern is good. After optimization, the flow velocity on blades increased.

α

 

(a) (b) 

Figure 4. Streamline distribution in guide vane and runner zone at design flow rate, (a) before optimization and (b)
after optimization.

Figure 5 presents the pressure contour of the blade surface under design flow rate.
The blade surface pressure decreases uniformly along the inlet edge to the outlet edge
of the blade, and there are obvious negative pressure areas near the lower ring of the
blade. Obviously, the negative pressure zone on the optimized blade surface is significantly
reduced (Figure 5b). Local high pressure appears at the back surface of the blade before
the optimization, while the high pressure area basically disappeared after optimization.
Moreover, the pressure difference on the two sides of the blade increases significantly after
optimization, which improves the working capacity of the blade and the power output of
the MPT, so the optimization effect is better.
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(a) 

 
(b) 

Figure 5. Blade contour on blade surface at design flow rate, (a) before optimization and (b) after optimization.

4. Experimental Validation and Analysis
4.1. Test Bench Set-Up

The model MPT was made according to the 1:1 model scale (Figure 6), in order to
reduce the difficulty of production and financial cost. The spiral casing and draft tube were
made of engineering plastic polyamide material and produced by 3D printing technology.

 

Figure 6. Photo of the physical WPT model. 
Figure 6. Photo of the physical WPT model.

The MPT experimental test was carried out on a flow test machine, which was inde-
pendently developed by a company in Zhejiang province, China (Figure 7). The spiral
casing inlet was installed at the water pipe outlet on the test bench, and the inlet flow
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value was input through the flow test machine. After the test instrument was started,
the multimeter was used to measure the current and calculate the power. The measuring
current range of the multimeter was 2 mA–20 mA–200 mA–20 A, and the measurement
accuracy was ±1.8%.

(a) 

 
(b)                                    (c) 

Figure 7. Model test bench of MPT, (a) photo of the test bench, (b) flow test machine, and (c) multimeter.

4.2. Analysis of the Experimental Results

Table 8 shows the results of comparison between numerical simulation results and
experimental test results. During the test, the power output of the turbine under different
flow conditions was measured by changing the input flow value of the flow tester. Since the
flow velocity in the tap-water pipeline is generally 1~3 m/s, the measured flow velocities
in the experiment were 1 m/s, 1.5 m/s, 2 m/s, 2.5 m/s, and 3 m/s, and the corresponding
inlet mass flow rates were 0.177 kg/s, 0.265 kg/s, 0.353 kg/s, 0.442 kg/s, and 0.53 kg/s,
respectively. With the experimental results of the flow rate of 0.8 m/s (0.14 kg/s), the
MPT could still start, but the power output was only 0.44 W. Multiple experimental results
showed that the turbine could start when the inlet flow was greater than 0.14 kg/s.
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Table 8. Comparison of numerical simulation results and experimental results under different
working conditions.

Working Condition Q (kg/s)
P (W)

Error (%)
Num. Exp.

1 0.177 2.37 2.14 9.7
2 0.265 6.40 6.04 5.6
3 0.353 12.56 11.89 5.3
4 0.442 20.91 19.95 4.6
5 0.530 31.09 29.86 4.0

According to Table 8, the power output measured by the model test was lower than
the obtained value through numerical simulation. The main reason for this is that the
index measured in the experiments was the actual power of the MPT after the generator
conversion, while the one obtained through numerical simulation was the power output of
the MPT without considering the generator conversion. Also, the MPT model made during
the experiment used a plastic material inducing friction between the runner and the runner
chamber, and this was not considered in numerical simulation. Moreover, the size of MPT
was very small, and the blade and guide vane actually made for model testing deviated
from the numerical simulation. There were also some measurement errors, especially
when measuring the current with an electric meter. In addition, under the small flow rate
condition, the flow pattern was poor, which led to large fluctuations of measured values.
This also considerably contributed to the appearance of large errors between the test and
numerical predictions. Overall, the error value was within 10% under low flow conditions,
while it reduced to within 5% under large flow conditions. The generated power met the
design target under design flow conditions.

5. Conclusions

In this study, an MPT used to generate electric power for induction faucet sensors
within a 15 mm pipeline was developed. The fundamentally expected MPT performance
characteristics were the power output larger than 6 W when the pipe water velocity is
1.5 m/s and the turbine efficiency of no less than 85%. The initial design was done by using
the 3D CFD method, where multi-objective optimization through orthogonal experiments
was later applied to improve its hydraulic performance. Finally, the optimized version of
the MPT model was experimentally tested.

After simulating and comparing a variety of schemes, the optimal MPT was achieved
with the output power of 6.40 W at the design flow rate, representing an increase of 34.45%
as compared to the preliminary design scheme. In the same respect, the optimal efficiency
was 87.13%, representing an increase of 4.99% as compared to the preliminary design
scheme. The feasibility of combining the numerical simulation technology and compre-
hensive frequency analysis method through the multi-objective orthogonal optimization
test for MPT studies, has been verified. For the optimized turbine model, the inter-blade
vortex and negative pressure area on the blade surface were significantly reduced, and the
high-pressure area on the back of the blade basically disappeared, which improved the
power capacity of the blades, collectively leading to the improved MPT power output and
efficiency. A good and effective optimization was therefore achieved.

According to the model test results, the MPT-generated energy reached 6 W at the
design flow rate, which meets the design requirements. The numerical simulation error as
compared to test data was within 10%. Under large flow conditions, the error was around
5%, indicating that numerical simulation outcomes can offer a good guidance for micro
turbine design even though the difference between the simulation and experimental results
is fairly large. The experimental measurement showed that the MPT can start when the
inlet flow rate is greater than 0.14 kg/s.

So far, the literature on the application of mixed-flow turbines for energy generation
task within water supply pipelines with extra-small diameters (less than 15 mm) is still
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limited. This study creatively applies the mixed flow water turbine to the micro tap-water
pipeline, changing the induction faucet power supply system from the battery-dependent
one to a hydropower-fed one. This technology not only gives a long-term solution to energy
saving issues within these systems, but also contributes to the environmental pollution
control by eliminating the usage of batteries. The kind of MPT design presented in this
article pays more attention to the turbine’s efficiency and ensures that the output power
meets the power requirements of induction faucet sensors.

Future studies could also consider runner blade profile and the frame line of flow
components, which may also have a large impact on the machine performance. In the
future, more factors can be selected to explore a more complete and faster optimization
method, so as to more comprehensively reflect the impact of various design parameters on
the turbine performance. Furthermore, a WPT for smaller discharge can be designed to
achieve the power demand when the flow velocity in the pipeline is less than 1.5 m/s.
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Nomenclature
CFD Computational fluid dynamics
GV Guide vane
GVO Guide vane opening
MPT Micro-pipe turbine
WSP Water supply pipeline
c Number of columns
d Pipe diameter
Fi Mass force
H Water head
Kr Sum of test results when number of the level is R

Kravg Arithmetic mean value of Kr

l Number of experiments
m The total test times of each level
n Rotational speed
ns Specific speed
P Power output
p Pressure
Q Discharge
R Extremum difference value
r Number of levels
t The level of factor
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Yk The kth index value
u Water flow velocity
ui Velocity component in i direction
uj Velocity component in j direction
zb Blade number
zg Guide vane number
ρ Water flow density
µ Kinematic viscosity
η Efficiency
α Guide vane opening
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Abstract: The Hydrostatic Pressure Wheel is an innovative solution to regulate flow discharges and
waters heights in open channel networks. Indeed, they can maintain a water depth while producing
energy for supplying sensors and a regulation system. To prove the feasibility of this solution,
a complete model of water depth–discharge–rotational speed relationship has been elaborated. The
latter takes into account the different energy losses present in the turbine. Experimental measurements
achieved in IMFT laboratory allowed to calibrate the coefficients of head losses relevant for a large
range of operating conditions. Once the model had been validated, an extrapolation to a real case
showed the possibility of maintaining upstream water level but also of being able to produce sufficient
energy for supplying in energy isolated sites. The solution thus makes it possible to satisfy primary
energy needs while respecting the principles of frugal innovation: simplicity, robustness, reduced
environmental impact.

Keywords: renewable energy; water wheel; low tech; frugal innovation; experimental model;
theoretical model

1. Introduction

Irrigation systems have a lot of weir structures in order to change the water elevation,
water velocities, etc. These “small” drops represent a non-negligible hydroelectric poten-
tial [1]. Nevertheless, the role of the turbine in this study is a little bit different. Its function
is not only to produce electricity but also to serve as a water level controller. Indeed, the
regulation of water height and flow discharge in irrigation systems is also crucial to save
the water resources and, as mentioned before, requires many regulation systems (sluice
gates, spillways, weirs, etc). The fact is that these systems can be very isolated and therefore
difficult to power, especially in remote areas. To overcome this problem, a turbine could
regulate the water level automatically by adjusting its rotational speed. Part of the energy
supplied by the turbine would then be used to power the sensors and the control system
needed for this regulation and data transmission. Moreover, in the context of isolated areas,
the rest of the energy provided by the turbine could also be used for supplying the local
electricity grid. Indeed, the water wheels are also a good example of the low-tech concept
for energy supply [2]. Therefore, we will also discuss the power performance in the context
of isolated communities in developing countries in line with the frugal innovation concept.
Although equipping a low head in a large river may involve some environmental issues,
power generation with low-head coupled with solar energy and storage devices is fully
relevant if no other source is available (isolated zone).

As noted above, irrigation systems are constructed with weirs that can be exploited.
Typically, these structures have head differences between 0.5 and 3 m and have a low
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flow rate. Turbines suitable for this kind of hydraulic sites are the Kaplan turbine,
the Archimedean Screw Turbine (AST) and the various types of water wheels [3]. It is also
possible to add the Very Low Head (VLH) turbine to this list. For obvious economical
and ecological reasons, the turbine chosen must be inexpensive, robust, fish-friendly and
provide the sediment continuity. The Kaplan and VLH turbine reach a better hydraulic
efficiency than the other two, but they require complex control elements and are much
more expensive [4]. The AST turbine has almost the same efficiency as a well-designed
water wheel but is slightly more expensive and much more complex to build. Finally, the
choice was made to consider water wheels.

By combining the different types of water wheels, they are able to exploit water head
from 0.5 to 12 m [5]. The three main types of water wheels are the overshot wheels, the
breastshot wheels and the undershot wheels. It is also possible to speak about stream water
wheels but they are designed to exploit the flow velocity and not the head difference [6].
For the overshot wheels, the water enters from above and the wheel is rotated by the
water weight. These turbines are used for heads between 2.5 and 12 m and can reach
efficiencies of about 80% [4,7]. In the case of the breastshot wheels, the water enters at
approximately the same height than the turbine’s rotation axis. This type of wheel works
for head differences between 1.5 and 4 m and can achieve efficiencies between 60% and
70% [8–11]. The last main type of water wheel is the undershot wheel. In this case, the
flow enters below the axis of rotation. This type of turbine is adapted for very low head
differences between 0.5 and 2.5 m and can reaches efficiencies of 80% [12,13]. Regarding
the head differences in the context of irrigation systems, undershot wheels seem to be
the most suitable. Specifically, the Hydrostatic Pressure Wheel (HPW) developed by [14]
is chosen in order to achieve the objectives presented above. The wheel is composed of
radial blades and is driven to rotate by the hydrostatic pressure exerted by the flow on
the blades. In addition, this turbine is chosen because it presents a very simple design,
is robust, inexpensive and fish-friendly [14].

As a reminder of the general context, the stated objectives are to replace the regulation
structures of irrigation system that require manual operation and maintenance with a
turbine. The latter will adjust the water level automatically by changing its rotational
speed and, at the same time, will produce some energy for local consumption. In order to
properly design the system according to the site characteristics, a theoretical model that
links hydraulic conditions, geometrical parameters and turbine performance is required.
Currently, there is only one theoretical model, proposed by [14]. However, this model is
not able to predict directly the water level upstream to the wheel and the flow discharge
through it. In irrigation systems, due to the modulation of water demand, it is essential
to control water levels and flows throughout the network. Therefore, to control these
parameters with water wheels, an improved model is needed and is presented in this article.

The paper is structured as follows. In Section 2, a new theoretical model is established
based on the [14] model. Special attention is paid to the consideration of various energy
losses (gap leakage, drag forces, etc.) as they are very significant. The experimental setup
installed in the IMFT hydraulic laboratory and used for providing experimental data on
the HPW turbine is presented in Section 3. After calibrating the loss models with the
experimental results, the ability of the theoretical model to accurately reproduce the wheel
performance, the upstream water levels and the flow discharges absorbing by the wheel
are discussed in Section 4. Finally, a discussion about the possibilities to use these turbines
for the electrification of an isolated village in a low-tech context is analyzed in Section 5.

2. Operating Principle and Theoretical Models
2.1. Operating Principle

As shown in Figure 1, the HPW developed in [14] consists of a wheel made up of
radial blades longer than the inlet water height. This turbine converts the potential energy
of a fluid into mechanical energy thanks to rotation induced by the fluid pressure exerted
on its blades. This mechanical energy can then be transformed into electrical energy thanks
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to a generator. This last transformation will not be discussed here although it is a crucial
point for power generation [14]. The mechanical power supplied by the wheel is given by:

P = Phyd η = ρgQ∆Hη (1)

where Phyd is the available hydraulic power, ρ is the density of water, Q is the flow rate,
g is the acceleration of gravity, ∆H is the hydraulic head difference and η—the hydraulic
efficiency of the turbine. The efficiency depends on the different losses present in the
turbine which are mainly due to the flow leakages and the drag forces. The latter present
when the blades enter into the flow and when they leave it. Thus, minimizing these losses
is a key issue in order to increase the turbine performance.

Figure 1. 3D view of a HPW turbine.

To use the wheel effectively as a regulation and energy production system, it is
necessary to determine the influence of the wheel on the upstream water level and to
predict its energy recovery performance. For this purpose, a theoretical model is established
in the following part. The latter is able to determine the upstream water level and the
performance of the turbine according to the geometrical parameters of the wheel and the
flow conditions.

2.2. Theoretical Model

As presented in Figure 2, the HPW turbine has radial blades longer than the inlet
water level. This is why this type of wheel is dedicated to very low heads between 0.3 and
1 m [14]. The main geometrical parameters of this turbine are the radius of the wheel r, the
width L and the number of blades N. These parameters are shown in Figure 2. It should be
noted that each blade is defined by a plane that contains the axis of rotation. The mechanical
power is obtained by the displacement of a vertical blade submitted to a force induced
by the flow pressure more important on the upstream face than on the downstream side.
The model is derived by considering force balance on a blade. Compared to the previous
study [14], the theory is rewritten here with a global efficiency formula η incorporating
leakages and turbulence disturbance. The theory presented here will help upscale the
wheel in a real scale application. Furthermore, as discussed earlier, an integrated formula
for mechanical power as a function of upstream water depth and rotational speed is needed
to develop efficient control of water level. To establish the model, a vertical blade with a
finite radius r and a width L is considered. The water level upstream to the blade is equal
to d1 and the downstream one is equal to d2. The distance between the blade and the bed is
denoted dl (Figure 2).

The total flow rate Q can be decomposed in two parts:

Q = Qw + Ql (2)

with Qw being the flow through the surface bounded by the height d1 and the width L that
actually contributes to wheel rotation, and Ql representing the flow leakage that appears
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around the wheel. It may be noted that to optimize the wheel performance, it is necessary
to limit the value of Ql .

dl

d2

d1

ω

r L

wlat

r

V1
V2

B

Side View Front View

z

xy

Figure 2. Schematic view of the HPW machine.

The flow leakage Ql can be decomposed in two leakages. The first one is Ql,1, which
occurs between the blades and the bottom and, the second one—Ql,2, which occurs between
the wheel and the two side walls. Both leakages can be determined by using the Torricelli
equation and are a function of the head difference (d1 − d2), the wheel width L and the gaps
between the wheel and the canal. To determine the first leakage Ql,1 occurring between the
blades and the bottom, the gap dl is not used directly. Instead, an equivalent opening w
representing the surface opening for flow under the wheel is introduced. This value has
to be calibrated for each wheel geometry for the following reasons. Firstly, unlike sluice
gate, the discharge formula is written here without considering the vertical contraction
of the flow stream. Indeed, it is difficult to measure and evaluate accurately this value
knowing that it evolves with the submergence d2/d1 [15,16]. Secondly, the wheel cannot
be modeled like an orifice because the blades are moving and then the opening depends
on the radial position of the wheel. Therefore w represents an averaged value of the space
between blade and bed during a rotation. Eventually, to determine the leakage Ql,2, the
gap wlat between the wheel an the sidewall is used. As a consequence, the portion of the
discharge Ql that was not flowing into the wheel can by expressed as:

Ql =
√

2g(d1 − d2)wL + 2
√

2g(d1 − d2)d1wlat (3)

The water flowing into the wheel Qw can be determined by assuming that when a
blade is in the vertical position in the fluid, the water and the blade have the same velocity
locally. The submerged length of the blade is equal to d1, as represented in the Figure 2.
The averaged velocity of the flow va is then given by the integration of the horizontal
component of the velocity of the submerged part of the blade:

va =
1
d1

∫ r−d1

r
zωdz = ωr

(

1 − 1
2r/d1

)

(4)

The flow Qw is then equal to:

Qw = Ld1va = Ld1ωr

(

1 − 1
2r/d1

)

(5)
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For scaling purposes, the following geometric aspect ratios are defined:

• water depths ratio: X = d2/d1;
• vertical gap ratio: Y = dl/d1;
• equivalent vertical gap ratio: W = w/d1;
• horizontal gap ratio: Wl = wlat/B;
• blade length ratio: D = r/d1;
• wheel width ratio: Z = L/B.

The continuity equation provides the following relationship:

Q = Qw + Ql

= vad1L +
√

2g(d1 − d2)wL + 2
√

2g(d1 − d2)d1wlat

= Ld1ωr

(

1 − 1
2r/d1

)

+
√

gd1

√

2(1 − X) (wL + 2d1wlat) (6)

The ratio RQ = Qw/Q between the water flowing through the wheel and the total
discharge is defined and equal to:

RQ =

(

1 − [WZ + Wl ]
√

2(1 − X)

Fr

)

1
1 − 1

2D

(7)

where Fr = Q/(Bd1
√

gd1) is the Froude number calculated in the upstream part of the
canal. RQ is then the ratio of leakage (RQ = 1 for no leakage).

The mechanical power recovered by the wheel is determined by multiplying the
torque presents on the wheel axis by the rotational speed of the turbine. The torque can be
decomposed in two parts: the drive torque induced by the pressure exerted by the water
on the blades and, the resisting torque induced by the drag forces. The latter are mainly
present when a blade enters or leaves the flow. To simplify the model, all drag forces acting
on the wheel are modeled with a single overall drag force Fdrag that would be applied to the
blade tip with a direction orthogonal to the blade surface. The drag forces were assumed
to depend primarily on the rotational speed of the wheel, the flow velocity, both inlet and
outlet water levels and turbine width. The question remained as to what velocity and area
should be used to effectively model all of the drag forces acting on the blades. After several
trials, it appears that the best way to model an overall drag force Fdrag is to use the blade
tip velocity with the area given by the difference in water depth times the width of the
wheel. The drag force Fdrag is then equal to:

Fdrag =
1
2

ρ(d1 − d2)L(rω)2Cd (8)

with Cd a drag coefficient. The resistant torque induced by the drag force is then given
by drag force Fdrag multiplied by the wheel radius r. The power Pd is then given by the
resisting torque multiplied by the rotation speed of the wheel ω:

Pd = Fdrag.rω =
1
2

ρCd(rω)3L(d1 − d2) =
1
2

ρgrωLd1(1 − X)CdF2
ω (9)

where Fω = rω/
√

gd1.
To analyze the wheel performance, it is necessary to give the expression of the hy-

draulic efficiency η. As it can be seen in Equation (1), this efficiency corresponds to the
ratio between the mechanical power recovered by the wheel P and the available hydraulic
power Phyd. To determine the hydraulic head ∆H that appears in the expression of Phyd, it is
assumed that the kinetic energy is computed from a zone of uniform flow in the upstream
and downstream part of the canal. This means that the energy losses at the inlet and at the
outlet of the wheel are taken into account in the efficiency. Considering a flat bottom near
the wheel, the expression of ∆H is then equal to:
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∆H = d1 − d2 +
Q2

2gB2

(

1
(d1 + dl)2 − 1

(d2 + dl)2

)

(10)

The mechanical power P provided by the wheel corresponds to the available hydraulic
power calculated with the flow Qw minus the drag loss Pd:

P = ρgQw∆H − Pd =
1
2

ρgQd1

(

(1 + X)− 1
3D

(

1 + X2 + X
)

− CdF2
ω

)

(1 − X)RQ (11)

Finally, combining the Equations (7), (9) and (10); the wheel efficiency η is equal to:

η =
1
2
(1 + X)− 1

3D

(

1 + X2 + X
)

− CdF2
ω

1 − 1
2 F2

r
1+X+2Y

(1+Y)2(X+Y)2

RQ (12)

Except the drag term, the Equation (12) is similar to the formula proposed by [14].
Here all corrections are given in the same equation which provides a better view of the
dimensionless significant numbers. These independent numbers are X, Y, Z, Cd, D, Fr, ω.
The number RQ, Fω and η can be deduced from others. For a given rotational speed ω,
the Froude number provides the relationship between flow rate and water depth. The
coefficient Cd is considered constant for a given wheel shape even though a Reynolds
dependence could be expected. This analysis tends to prove that a Froude similarity could
be applied for the wheel design.

3. Experimental Setup

Experimental data are necessary to calibrate and validate the theoretical model estab-
lished previously. In addition, experimental measurements are needed to investigate the
performance of the HPW turbine experimentally. An experimental setup was therefore
installed in the hydraulic laboratory of the Toulouse Institute of Fluid Mechanics (IMFT).
This device allows to test the efficiency and the mechanical behavior of the turbine for
different geometrical and hydraulic parameters. The wheel geometries considered in this
study are as simple as possible in order to obtain low-cost and low-maintenance turbines.
These characteristics are essential in a context of isolated sites where it is difficult to replace
a broken component with a new one. Moreover, plane blades seem to be more suitable
for controlling the flow through the wheel even at low speeds by stopping it completely
if necessary. The blades are attached to the side disks. They are slightly shorter than the
radius which allows the air and water pressures to be balanced between the blades.

Eventually, the geometrical parameters of the tested wheel and the flow conditions
are shown in Table 1.

Table 1. Geometrical and hydraulic parameters of the experimental device.

Geometrical Parameters Outer radius—r (m) 0.4
Material PVC

Width—L (m) 0.2
Number of blades 8

Channel width—B (m) 0.4
Vertical gap—dl (m) 0.025 and 0.05

Horizontal gap—wlat (m) 0.002
Flow conditions Flow rate—Q (m3 s−1) 0.005 . . . 0.025

The wheel is installed in a 4 m long, 0.4 m wide and 0.4 m high open channel. Alu-
minum walls of 0.9 m width are placed on each side of the wheel to conduct the flow into
the turbine. The bed and the wall of the channel are in glass. The slope of the bed is chosen
to be zero. Water is brought at the inlet of the experimental device by a centrifugal pump.
The flow rate is measured with a electromagnetic flowmeter (IFS 4000/6, Krohne, Holland)
with a given measuring accuracy of ±0.5%. The water then flows through the wheel and
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leads to its rotation. The water then exits at the outlet. All water levels are measured
with dial gauges. The torque provided by the wheel Ch is balanced by an overall brake
torque, which consists of two terms: a friction term C f induced by the friction in the device
(rotational guidance) and a brake torque Cb induced and controlled by a Prony brake. The
motion equation is defined as follows:

J
dω

dt
= Ch − C f − Cb (13)

with J—the inertia of the rotating parts. A torque meter is coupled directly in line, between
the wheel axis (accuracy of 1 mN m) and the Prony brake. This latter provides the value of
Cb; in steady state the equation above becomes:

Cb = Ch − C f (14)

Note that the instantaneous values of torque and rotational speed are averaged over
30 s, a sufficient value considering the frequency of the dynamic phenomenon. C f was
determined for different values of ω without water in the channel. It appears that this
torque increases linearly with the speed and its value remains close to zero when ω = 0.
The rotational speed of the turbine is measured with the incremental coder incorporated in
the torque meter (T21WN, HBM, Germany). Finally, the mechanical power provided by
the wheel is determined by multiplying the torque by its rotational speed. A schematic
diagram of the whole device is shown in Figure 3.

Flowmeter Pump

Sluice gate

Water wheel

Figure 3. Schema of the experimental device with the HPW wheel without a removable bottom.

In the experiments, two configurations were tested. In the first, called C1, there is a
vertical gap dl of 0.025 m between the blade and the bed of the channel. This configuration
was chosen to determine the value of the equivalent gap w in the flow leakage equation. In
the second configuration, named C2, the wheel axis is placed at a higher position. The gap
dl is then equal to 0.05 m. Nevertheless, a block of aluminum (0.4 m × 0.045 m × 0.9 m)
is placed just below the wheel, as shown in Figure 4. This block can be considered as a
simplified shape of the curved shroud proposed in [14]. In this case, the gap between
the block and the blade of the wheel is equal to 0.01 m. This important gap leads to
a strong flow leakage. However, the objective of this study is not to obtain the best
hydraulic efficiencies but to be able to correctly quantify this leakage and its influence on the
performance. Moreover, this configuration represents the case of nonideal implementation
that can be found in isolated areas. Lastly, the wheel axis being positioned higher in the C2
configuration than in the C1 one, it appears that the downstream water level was under
the wheel for some operating points. A photo of the experimental device with the HPW
turbine can be seen in Figure 5.
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Figure 4. Schematic view of the HPW with the removable bottom in the configuration C2.

Figure 5. Photo of the experimental device with the HPW wheel (configuration (C1)).

4. Results
4.1. Model Calibration

Flow leakage is the main energy loss in HPW wheels. In order to accurately determine
the wheel performance, it is necessary for the theoretical model to best reproduce this loss.
As can be seen in Equation (3), the flow leakage Ql is a function of an equivalent opening w.
This opening must then be calibrated with experimental data. To do so, the experimental
and theoretical values of RQ are compared for several operating points, i.e., for various
hydraulic (flow rate, water levels, etc.) and geometrical parameters (configurations C1
and C2). The theoretical values of the ratio RQ are calculated from Equation (7). The latter
involves the constant W = w/d1 and the Froude number Fr. The first one must be calibrated
and the second one is measured experimentally. The other constants in Equation (7) are
known. The experimental values of RQ = Qw/Q are determined by calculating Qw from
Equation (5) and by measuring the flow rate Q. Indeed, as demonstrated above, the flow
Qw is a function of known geometrical parameters and of the rotational speed, which is
measured experimentally.

Figure 6 exposes the comparison between modeled and measured values of RQ. It can
be seen that the theoretical model reproduces the measured data well. The model is
more accurate in configuration C1 for which the maximum deviation is 10%. This can the
explained by the fact that the block of aluminum placed behind the wheel in configuration
C2 perturbs the flow pattern, especially for free-flow experiments (X = 0). The calibrated
values of w, the lateral gap wlat and the vertical gap dl are shown in Table 2 for the C1
and C2 configurations. For the C1 configuration, the value of w is greater than the gap dl

between the channel bottom and a vertical blade. This can be explained by the fact that the
gap increases when the considered blade rotates and is not vertical anymore. For the C2
configuration, the value of w is lower than dl because of the presence of the block under the
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wheel. Interestingly, although the dl deviation in the C1 and C2 configurations is different,
the calibrated values of w are both very similar. This could be due to the fact that the wheel
has only eight blades. Most of the leakage then flows between the blades. It is expected that
the value of dl should have more influence on the wheel performance if it has more blades.

Figure 6. Comparison between modeled and experimental values of RQ = Qw/Q for configuration
C1 (without removable bottom) and C2 (with removable bottom). The solid line represents the perfect
agreement and the dashed lines represent the gap of 10%.

Table 2. Measured values of the lateral wlat and vertical gap dl , calibrated value of the equivalent
opening w and of drag coefficient Cd for configurations C1 and C2.

dl (m) wlat (m) w (m) Cd

C1 0.02 0.002 0.026 4
C2 0.05 0.002 0.025 4–10

The power loss Pd induced by the drag force and the associated turbulent dissipation
is given by the Equation (9). In this equation, the drag coefficient Cd must be calibrated
with experimental data. To do this, special attention is paid to the drag term CdF2

ω presents
in Equation (11). The experimental value of this drag term is obtained by measuring
experimentally the other terms (P, Q, ω, d1 and d2) present in Equation (11) and by using
the values of w calibrated previously (Table 2). Figure 7 exposes the evolution of the drag
term as a function of Fω for the experimental configurations C1 and C2. It can be shown
that the dissipation depends on the square of Fω and can be expressed as the proposed
modeling CdF2

ω . As shown in Table 2, it was possible to deduce from experiments a constant
Cd = 4 for configurations C1 and C2 when Fω is greater than 0.3. For configuration C2, the
agreement is worse at low Fω and the value of Cd is higher (Cd = 10). This is explained by
the flow disturbance induced by the block placed under the wheel. It can be noted that
for very low values of downstream water level (i.e., for X = 0), the flow is almost similar
to a free flow over a weir. It differs from the assumption made to establish the theoretical
analysis and an additional dissipation appears then. Although this behavior is partially
taken into account by the term (d1 − d2)L representing the drag area, this correction is not
sufficient. To better understand the flow pattern, 3D numerical simulations are planned for
the future.
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Figure 7. Evolution of the drag term CdF2
ω depending on Fw for configurations C1 and C2.

4.2. Power and Efficiency

Figures 8 and 9 show the comparison between experimental and modeled values of
the inlet water level d1 for the C1 and C2 configurations, respectively. The theoretical values
of d1 are determined using the calibrated values of w and Cd (Table 2). As expected, it
can be shown that the value of d1 decreases when the rotational speed increases because
the flow capacity of the wheel increases with the rotational speed. Figure 8 shows that
the model can reproduce the experimental values in configuration C1 accurately. For the
C2 configuration, the theoretical values of d1 are slightly higher than experimental values
(Figure 9). Again, this difference can be explained by the flow disturbance induced by the
block. Nevertheless, these results show that the model is capable of predicting the water
level upstream of the wheel. This ability is very important for the control of water levels
and flows in irrigation networks.
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Figure 8. Comparison between modeled and experimental values of the inlet water level d1 for the
configurations C1.
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Figure 9. Comparison between modeled and experimental values of the inlet water level d1 for the
configurations C2.

Figures 10 and 11 show the evolution of the mechanical power supplied by the wheel
as a function of the rotational speed for the C1 and C2 configurations, respectively. The
theoretical power evolution is determined by the Equation (11). It should be noted that for
a given value of d1 and Q, the rotational speed can be directly deduced from Equation (7).
Then at a fixed rotational speed, a single value of d1 corresponds to one discharge if d2
is constant. It can be seen that the evolution of power is bell-shaped. Thus, for low
rotational speed, the principal loss comes from flow leakages. Conversely, for too-high
rotational speeds, the loss induced by turbulence and friction become predominant. As
expected, there is an optimal rotational speed of the wheel that provides the best wheel
performance. Comparison between theoretical and experimental values exposes that
the model is able to determine the power delivered by the turbine, especially for the C1
configuration (blockless configuration).
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Figure 10. Theoretical and experimental values of mechanical power depending on the rotational
speed for different flow discharges Q and for configuration C1.
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Figure 11. Theoretical and experimental values of mechanical power depending on the rotational
speed for different flow discharges Q and for configuration C2.

Figures 12 and 13 expose the evolution of the hydraulic efficiency η as a function
of the rotation speed n = 60/(2π)ω for different flow rates. The theoretical efficiency
is calculated from Equation (12). The experimental values are obtained by dividing the
measured mechanical power by the hydraulic power according to the flow rate, d1 and
d2. As for the mechanical power, a bell-shaped evolution of the efficiency can be shown.
Comparing the modeled and experimental efficiencies for the C1 configuration, it can
be noticed that the model gives slightly higher efficiency values. The optimal rotational
speeds of the wheel (i.e., the speed that gives the higher efficiency) given by the model are
also close to the experimental ones for the C1 configuration. For the C2 configuration, the
modeled efficiency values are much higher than experimental values because of the block
under the wheel. When n tends to 0, the efficiency also tends to 0 because the leakage flow
rate becomes equal to the total flow rate (RQ ≈ 0). Indeed, the wheel behaves like a sluice
gate and no mechanical power is obtained.
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Figure 12. Theoretical and experimental values of hydraulic efficiency depending on the rotational
speed for different flow discharges Q and for the configuration C1.
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Figure 13. Theoretical and experimental values of hydraulic efficiency depending on the rotational
speed for different flow discharges Q and for the configuration C2.

Regarding the experimental efficiency, it can be seen that the values are much lower
than those presented in [14]. Indeed, while efficiencies higher than 80% are measured
in [14], maximal values in this study are approximately of 45% (in the C1 configuration),
possibly because of the low number of blades—8 blades here and 12 in [14]. The loss by
flow leakage is therefore much more important here. It can also be noticed that the C2
configuration does not improve the HPW performance. The rectangular shape of the block
appears to be too “simple” compared to curved blocks. Indeed, the leakage reduction is
not significant with a rectangular shape of the removable bottom and the block-induced
flow disturbances that dissipate energy.

5. Discussion

In this section, the previously established theoretical model is used to evaluate the
ability of the hydraulic pressure wheel to achieve the two initial goals, i.e., to control the
water level and to produce electricity in irrigation systems. To ensure the validity of the
model, both low and high rotational speeds of the wheel are avoided. Indeed, very low
velocities induce significant leakage that could be misrepresented by the model. Conversely,
for too high rotational speeds, energy losses due to turbulence would not be modeled
correctly. For the rest of the study, the number of blades and the distance between the
blade and the bottom dl are respectively taken as equal to 8 and 0.025 m. These are the
same values as in the experimental setup presented earlier. To approximate the equivalent
opening w, it will be assumed that w increases linearly with the wheel diameter.

5.1. Regulation of Water Levels

Firstly, the use of HPW in irrigation networks is considered in conjunction with the
installation of a weir, as shown in Figure 14. It is then possible to limit the size of the device
while ensuring sufficient spillage in case of too-important flows. The main advantage of
using this turbine in an irrigation context is the fact that it is possible to supply energy
locally. This can be used to control water levels (upstream and downstream), flow rates,
etc. To do this, it is planned that the wheel supplies in electricity sensors and a regulation
system that will adapt the speed of the turbine according to the desired values. In order to
have a live coverage of the network, this energy can also be used for supplying wireless
data transmission in addition to solar energy and storage devices. Other interests can
be found in the use of HPW machines. For example, by ensuring an adequate design of
the wheel, with tip blades close to the bed bottom, it is possible to ensure free flow of
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sediments while avoiding silting. For anthropized natural systems, the water wheel can
also ensure the free circulation of natural species present in the hydraulic system [17,18].
Eventually, HPW can also avoid the problem of floats usually present in the recirculation
zone upstream of the gates.

To analyze the operation of the HPW system with respect to the water control objective,
the example of a medium-sized network is chosen. The dimensionless Equations (7) and (12)
ensure that the wheel behavior can be applied to a full-scale configuration. In the following,
the case of a wheel of 2 m in diameter and 1 m in width is then considered. The dimensions
of the device are shown in Table 3.

Figure 14. Example of sluice gate with a weir in an irrigation system.

Table 3. Geometrical parameters of the Hydraulic Pressure Wheel used for the discussion.

Geometrical Parameters Outer radius—r (m) 1
Width—L (m) 1

Number of blades 8
Vertical gap—dl (m) 0.025

Horizontal gap—wlat (m) 0.02
Equivalent opening—w (m) 0.075

Figure 15 exposes the inlet water level d1 as a function of flow rate Q for different
values of rotational speed ω and outlet water level d2. It can be observed that a HPW
machine of 2 m in diameter can regulate d1 by changing ω up to about 0.8 m3/s. It can
also be noted that, for a given flow rate, the value of d1 is very sensitive to the rotational
speed. A wide range of flow rates (between 0.2 and 0.8 m3/s) is covered for rotational
speeds varying only by a factor of 3. This method is advantageous for coupling devices
with already existing alternators. The influence of the downstream water level d2 on the
flow rate Q is almost zero. This can be explained by the fact that the slight deviation comes
from the flow leakage.

Figure 16 shows the mechanical power delivered by the wheel P as a function of flow
rate Q for different values of rotational speed ω and outlet water level d2. As expected,
it can be seen that the power increases with the flow rate Q. Moreover, the power increases
as d2 decreases. This is because the head H and thus the available hydraulic power Phyd

increases as d2 decreases for a given value of d1. For the entire range of flow and speed,
a few hundreds of watts can be produced. This production is sufficient to power a control
and transmission system. It should be remember that, for this application, achieving
maximum efficiency is not the main objective. However, as long as the ration X = d1/d2 is
greater than 0.5, the efficiency remains greater than 30%. This value ensures a sufficient
electrical production since the remaining power is also of the order of several hundred watts.
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Figure 15. Simulated inlet water level estimated depending on the flow rate for different values of
rotational speed and outlet water level.

Figure 16. Simulated mechanical power estimates of the real-scale wheel depending on the flow rate
for different values of rotational speed and outlet water level.

5.2. Electric Production for Isolated Site

Initially, the HPW wheel presented here is designed to produce electricity for low
heads and low flows. For various environmental reasons, it seems judicious to limit this
application to particular cases which benefit the most from the advantages of this system.
These are its simplicity and robustness. Thus, run-of-river installations should be avoided
to limit impacts and management of flood events. On the other hand, the diversion of high
flows requires significant civil engineering costs. The interest is then focused on cases with
low flows diverted (a few m3/s) or small river courses where the wheel can be removed
during floods. This context corresponds well to the electrification of isolated villages where
even a few kilowatts can bring an important development aid [19].

As before, it is assumed that the HPW is installed in a 1 m channel (i.e., L = 1 m). It is
then possible to work by unit width as one might do with a hill chart for a turbine. The
other geometrical characteristics of the wheel are the same as those presented in Table 3.
The outlet water level is taken equal to d2 = 0.7 m.

In Figures 17 and 18, the operating diagram of the HPW is drawn in the P, Q plans.
The value of the inlet water level is limited by the wheel size (d1 < r) and the rotational
speed by Fω = rω/

√

gd1 < 1. The evolution of the rotational speed depending on the
flow discharge is nearly linear. The flow leakage has an influence only for low power and
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then for low flow discharges. This is explained by low value of dl chosen in this example
and by the fact that the ratio Ql/Q decreases as the rotational speed of the wheel increases.
Despite the low efficiency values, which are generally lower than 50%, the results show that
a wheel with a radius of one meter can provide 600 to 800 W per unit width. Again, these
low efficiency values could come from the fact that the wheel has only 8 blades. Increasing
the number of blades will increase the performance of the wheel (experimental data in [14]).
It can be noted that the same powers can be obtained with the same upstream level. This is
due to the fact that the efficiencies are higher for low rotational speeds. Indeed, for high
rotational speeds, a lot of energy is dissipated by turbulence. Eventually, the maximum
mechanical power is reached for d1 = r, i.e., when the value of X = d2/d1 is minimal.

Figure 17. Iso-contours of rotational speed ω (solid line) and of upstream water level d1 (dashed line)
for the HPW with d2 = 0.7 m.

Figure 18. Iso-contours of efficiency η (solid line) and of upstream water level d1 (dashed line) for
the HPW with d2 = 0.7 m.

We recall that the results presented above are quite similar to those presented in [14]
but with a different definition and calibration of dissipation terms. The contribution of
this study concerns the quantification of flow losses, which is useful to properly design
a “low cost” micro-power plant. Indeed, in a context of isolated areas where wheels can
be manufactured directly on site, the bank heights are not always adapted to an optimal
installation (i.e., dl = 0). Moreover, the presence of large space under the wheel is an
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advantage to limit the environmental impacts of the wheel (sediment transport and fish
displacement). In the case of the previous wheel and for hu = 0.9 m, hd = 0.8 m, the influence
of dl = w is studied. It appears that the recoverable power drops quickly when dl increases
(Figure 19). For low flows, a few centimeters are enough to cancel the interest of the
wheel. Nevertheless, for large flows (between 0.6 and 0.8 m3/s), a consistent production of
electricity can be maintained with values of dl close to 0.5 r. The minimum value of dl for
a sedimentary and fish passage is of the order of 0.3 to 0.4 m [20]. These values provide
sufficient production for the highest flows.

Figure 19. Influence of the gap between the wheel and the bottom dl on the mechanical power
provided by the wheel.

6. Conclusions

Irrigation systems feature many hydraulic structures to change water elevations or
flow velocities. These must be controlled according to the hydraulic conditions and the
demand. This study was then focused on the use of a turbine to control these physical
parameters by modifying its rotational speed. Moreover, this turbine could also be used to
exploit the hydraulic energy present in this irrigation network. With controlled electricity
storage, this energy production could be used to power sensors and provide electricity in
the cases of isolated sites.

To achieve these objectives, the choice was made to use the Hydrostatic Pressure
Wheel (HPW) developed by the authors of [21]. Indeed, although this technology does not
have the best hydraulic performance, the HPW is simple, robust and low-cost. In order to
properly design the wheel, a theoretical model relating the performance of the turbine to the
hydraulic conditions is necessary. Therefore, this paper presents an improved theoretical
model based on the one presented in [14]. An important novelty resides in the ability of the
model to predict the inlet water level. This is particularly important in an irrigation network
control context. Moreover, all energy loss terms are taken into account and modeled.

The model was then calibrated and evaluated with experimental data. The latter were
provided by an experimental device installed in the IMFT laboratory. The comparison
between modeled and measured values have shown that the model is able to reproduce
the experimental results in a large range of hydraulic conditions. However discrepancies
appear when the operating conditions are far from the hydrostatic functioning due to
insufficient downstream water depth.

The extrapolation of the model to a real case has given indications on the installation of
this type of turbine in irrigation systems. First, it was shown that a wheel with dimensions
compatible with usual irrigation networks can produce between 100 and 1000 W per unit
meter width. This power range is sufficient to power a remote control system. Moreover,
an HPW’s wheels can regulate the water level over a wide range of flow rates by adjusting
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its rotation speed. Eventually, electricity production with a HPW can be significant even
if there are high flow leakages due to implementation difficulties. Nevertheless, the
mechanical power can drop quickly when the gap between the wheel and the bottom
is too large. The turbine then no longer works with hydrostatic forces but recovers the
kinetic energy.
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Abstract: Water treatment stations (WTSs) provide drinking water to the community and are critical
infrastructures of any village or city. The main energy consumption of WTSs is associated with
the operation of the pumping units installed in the water supply stations (WSSs). The parameters
of the pumping units installed in the WSSs are continuously adjusted during service to meet the
requirements of the customers. Therefore, variable-speed pumping units (VSPUs) are feasible
technical solutions implemented in WSSs. Several strategies combining VSPUs and constant-speed
pumping units (CSPUs) have been developed to operate in WSSs. A technical solution with four
pumping units (two VSPUs and two CSPUs) is implemented in Timisoara pumping station No. 1
(TPS1) in the Bega municipal water treatment station (MWTS). The layout of TPS1 is detailed, and
its energy consumption from the budget of the Bega MWTS is quantified. The operation strategy
with four pumping units selected in TPS1 is investigated. The number of hours in service of each
pumping unit and the total operating time of all pumping units in the last six years are examined.
The specific power consumption associated with the operation of the pumping units installed in
TSP1 is detailed. The failure incidents of the pumping units counted in service are enumerated
and correlated with the operating conditions of the pumping units. A new strategy developed for
the operation of the pumping units installed in TPS1 is proposed to better adapt to the operating
conditions, improving the specific power consumption as well as diminishing the failure incidents.
The new operation strategy is presented and assessed based on the data acquired from TPS1 over one
year. The conclusions and the lessons learned in this case study are drawn in the last section.

Keywords: improved operation strategy; pumping system; municipal water treatment station

1. Introduction

The annual energy consumption of all pumps (constant- and variable-flow applica-
tions) was 225 TWh in 2015 [1]. Drinking-water processes and wastewater activities account
for 3–4% of energy consumption in the U.S. [2]. The energy consumption of the water
sector is about 3.5% of the total EU budget [3]. The estimated total energy consumption of
the water sector is projected to be 253 TWh/year in 2025 [1], with an increase of 12.5% over
a decade.

The above data clearly show that the activities associated with the water treatment
processes and drinking-water supply activities require high energy consumption. Based on
market research and data from the industry for constant- and variable-flow applications, it
has been determined that a significant part of clean-water-pump application is for variable
flow. However, the number of pumps installed in the water sector with variable-speed
drive (VSD) is still limited [1]. Therefore, there would be a large energy-saving potential if
VSD pumps were implemented in applications with variable flow.
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Drinking-water supply systems (DWSSs) are adapted to the geographic conditions and
the requirements of each city. Therefore, DWSSs are uniquely developed and implemented
in each city. Commonly, DWSSs include water treatment stations (WTSs), booster pumping
stations, storage tanks/reservoirs, and drinking-water distribution systems (e.g., tunnels,
aqueducts or pipelines, siphons, valves) [4]. A few researchers have developed methods for
optimizing municipal drinking-water distribution networks considering different criteria,
but they applied them to hypothetical cases [5]. A literature survey revealed several
investigations that have analyzed drinking-water distribution systems, taking into account
the specific features of each case [6–8]. The application of multiple criteria (e.g., the financial
constraints associated with operational and maintenance costs, the minimization of water
residence time, maintaining positive water pressure to avoid contamination, and controlling
the pressure in the water distribution network to maintain the hydraulic integrity) for
the optimization of municipal drinking-water distribution networks requires taking into
account the specific constraints for each case [9,10]. Mathematical models and numerical
simulations deliver effective and feasible results to investigate the hydraulic integrity and
water quality conditions of DWSSs [11–13]. These predictive capabilities are useful for
detecting the integrity loss of DWSSs [4].

WTSs deliver drinking water to the community through supply systems. The major
energy consumption of WTSs is associated with the operation of pumping units in the
water supply system (WSS). The pumping units installed in the WSS consume up to 90% of
the total energy [14,15]. The energy consumption depends upon the pumping-unit type
(e.g., constant-speed pumping units (CSPUs) and variable-speed pumping units (VSPUs))
and the selected operation strategy [16]. A significant reduction in energy consumption
can be achieved by combining variable-speed pumping units (VSPUs) and constant-speed
pumping units (CSPUs) in the operation strategy of WSSs. A remarkable reduction in
energy consumption through the pumping units installed in the WSS of Milan city has
been reported by Castro-Gama et al. (2017) [17].

The purpose of the investigation conducted in our research study is to select a strategy
with reduced operating and maintenance costs for installed pumping units in the water sector.
An improved operation strategy for pumping units is developed based on an in-depth analysis
of the available infrastructure and water treatment processes conducted in 2019 and then
implemented in September 2020 in an infrastructure with four pumping units (two VSPUs
and two CSPUs) available in Timisoara pumping station No. 1 (TPS1) in the Bega municipal
water treatment station (MWTS). The analyzed data collected in 2021 from the pumping units
installed in TPS1 highlight a decrease in operating and maintenance costs.

An overview of the drinking-water supply system and the water treatment stations
available in Timisoara city is detailed in Section 2. The layout of TPS1 is presented, high-
lighting its contribution to the Bega MWTS. The specific energy consumption associated
with the operation of the pumping units installed in TSP1 is detailed. Two specific energy
consumption indicators (ECIs) are determined to assess the performance of TSP1. Both
old and new operating strategies for the four pumping units selected in TPS1 are exam-
ined in Section 3. The old operation scenario of the pumping units installed in TSP1 is
investigated, revealing its limitations. Then, a new strategy is developed and implemented
for the operation of the pumping units installed in TPS1 to better adapt to the operating
conditions, improving the specific energy consumption as well as diminishing the failure
incidents. The new operation strategy is assessed based on the data acquired from TPS1.
The number of hours in service in the last six years for each pumping unit and the total
time for all pumping units are analyzed in Section 4. The failure incidents of the pumping
units counted in service are enumerated and correlated with the operating conditions of
the pumping units. The conclusions and the lessons learned in this case study are drawn in
the last section.
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2. Drinking-Water Supply System (DWSS) of Timisoara City

At the beginning of the 20th century, the water source for Timisoara city was ground-
water captured from deep drilled wells. The water supply infrastructure of Timisoara
city was designed and developed by the technical service of the mayor’s office under the
coordination of engineer Stan Vidrighin. The groundwater source was supplemented with
treated water from the Bega River starting with the industrial development of Timisoara
city in the second part of the last century [18]. The first development of the surface water
treatment station (denoted WTS2), which took water from the Bega River with a designed
capacity of 0.12 m3/s, was carried out at the end of 1959. Several extensions of the WTS2 ca-
pacity have been successively implemented: 0.3 m3/s in 1965 and 0.48 m3/s in 1976.
A new surface-water treatment station (denoted WTS4) with a capacity of 0.9 m3/s was put
into operation in 1982 in the same location as WTS2 [18]. The WTS4 capacity was expanded
to 1.24 m3/s in 1994. As a result, a maximum capacity for both surface-water treatment
plants (WTS2 + WTS4) of 1.72 m3/s was reached.

Nowadays, the drinking-water supply system in Timisoara city is a combination of
two sources: WTS2 and WTS4 deliver up to 72% of surface water from the Bega River
and the rest from groundwater is provided by WTS1 (called Urseni WTS) and WTS5
(called Ronaţ WTS), as shown in Figure 1. Thus, the groundwater is an alternative and
complementary source to the primary water surface source for Timisoara city. The water
supply infrastructure of Timisoara city has been managed by the municipal company
AQUATIM S.A. since 1991 [18].

’

ţ

 

TS1 (Urseni WTS) and WTS5 (Ronaţ WTS) for groundwater.

Figure 1. Drinking-water supply system (DWSS) of Timisoara city together with locations of the
water treatment stations (WTS): WTS2 and WTS4 (Bega MWTS) for surface water from the Bega River
and WTS1 (Urseni WTS) and WTS5 (Ronaţ WTS) for groundwater.

The layout of the Bega MWTS (WTS2 + WTS4) of Timisoara city for surface water from
the Bega River is given in Figure 2.
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Figure 2. Bega MWTS (WTS2 and WTS4) layout of Timisoara city for surface water collected from
Bega River.

The water flow into the Bega MWTS is gravitational along the passage from the river
intake to the TSP1 pumping station because it is installed below the Bega River water level
(see Figure 2). The water settling stage takes place along this passage to the underground
suction tank of the hydraulic pumping units installed in TPS1. Four hydraulic pumping
units installed in TPS1 deliver water to the WTS2 and WTS4. Then, the water processed in
WTSs is pumped into the DWSS of Timisoara city, as presented in Figure 1.

The energy consumption in the water treatment process of Bega MWTS (WTS2 and
WTS4) for three years is shown in Figure 3. One can remark in this figure that around 50%
of the energy is consumed in the water distribution pumping process and 33% of energy
consumption is associated with the pumping process in TSP1. The energy consumption
from 4% to 7% is accounted for by the sludge treatment process, while around 11% is
related to other processes (e.g., household reagents, chlorination station, thermal power
plant, workshop, and so on). In contrast, the energy consumption in the filtering processes
is less than 2% of the total budget.
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Figure 3. Energy consumption in the water treatment process of Bega MWTS (WTS2 + WTS4) for
three years: (a) 2017; (b) 2019; (c) 2020.

The volume of water pumped by TSP1 and treated by WTS2 and WTS4 from 2016 to
2021 is shown in Figure 4a. There was an increase in the volume of water pumped by
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TSP1 from 25.45 million m3 in 2016 to 28.18 million m3 in 2019. We would like to point out
that this increase equates to 10% of the volume of pumped water. Moreover, the volume of
water pumped by TSP1 in 2020 and 2021 was practically the same as in 2019. The energy
consumption of the pumping units installed in TSP1 for the treatment of water volumes
by WTS2 and WTS4 from 2016 to 2021 is shown in Figure 4b. As expected, the energy
consumption of the pumping units installed in TSP1 increased with the volume of water
processed. The energy consumption of the pumping units increased from 1.3 million kWh
in 2016 to 1.51 million kWh in 2019, an increase of 16.3%. In 2020 and 2021 there was a 1%
and 2% decrease in energy consumption compared to 2019.
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Figure 4. (a) Annual volume of water pumped by TSP1 and treated by WTS2 and WTS4 from 2016 to
2021; (b) annual energy consumption of the pumping units installed in TSP1 from 2016 to 2021.

The annual population equivalents (PE) for Bega MWTS (WST2 + WST4) are given
in Figure 5 from 2016 to 2021. There is a monotonous increase in the population equiva-
lents that is served by Bega MWTS every year. An average value of 290,000 population
equivalents (PE) can be estimated for Bega MWTS.
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Figure 5. The evolution of the population equivalents (PE) from 2016 to 2021 for Bega MWTS (WST2
+ WST4).

Two specific energy consumption indicators (ECIs) are determined to assess the per-
formances of TSP1. The first indicator is the specific energy consumption in relation to the
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volume of water pumped. The indicator ECIm3 is defined as the ratio between the annual
energy consumption and the annual volume pumped by units installed in TSP1.

ECIm3(kWh/m3) =
Energy consumption (kWh/year)

Volume of water pumped (m3/year)
(1)

The second indicator ECIPE is defined as the ratio between the annual energy con-
sumption and population equivalents (PE) served by pumping units installed in TSP1 [19]:

ECIPE(kWh/PE/year) =
Energy consumption (kWh/year)

Population equivalents (PE)
(2)

The ECIm3 indicator was calculated for each year from 2016 to 2021 using Equation (1)
with the data included in Figure 4. The data obtained for the pumping units installed in
TSP1 for the ECIm3 indicator are plotted in Figure 6. The minimum value of 0.0509 kWh/m3

of the ECIm3 indicator was reached in 2016, while the maximum value of 0.0548 kWh/m3

was reached in 2018. We noticed an improvement in the ECIm3 indicator of the specific
energy consumption of the pumping process in TSP1 after 2018 by decreasing the indicator
to 0.0535 kWh/m3 in 2019 and 2021, respectively to 0.0544 kWh/m3 in 2020. There was an
improvement of up to 2% in specific energy consumption.

ECIm3(kWh/m3) = Energy consumption (kWh/year)Volume of  water pumped (m3/year)
ECIPE(kWh/PE/year) = Energy consumption (kWh/year)Population equivalents (PE)
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Figure 6. The specific energy consumption indicator ECIm3 (kWh/m3) from 2016 to 2021 for pumping
units installed in TSP1.

It is shown in Figure 3 that the energy consumption in TSP1 represents 33% of the
energy consumption of the full process of Bega MWTS (WTS2 + WTS4). As a result, a
range from 0.154 kWh/m3 to 0.166 kWh/m3 was obtained for the six years taken into
account for the ECIm3 specific energy consumption indicator of the full water treatment
process in the Bega MWTS. Benchmarking the energy consumption undertaken for selected
regions in Europe shows that electricity consumption for water supply is in the range of
0.5–0.7 kWh/m3 in Germany, 0.2–0.6 kWh/m3 in Denmark, and 0.7–0.93 kWh/m3 in
Sweden, with a median value of 0.76 kWh/m3 [20]. The range of the specific energy
consumption indicator ECIm3 obtained for the Bega MWTS (WST2 + WST4) is near to the
lower limit of the range 0.14 ÷ 0.71 kWh/m3 indicated by Vaccari et al. (2018) [19] for
water treatment plants available in Italy with population equivalents larger than 100,000.

The ECIPE indicator is calculated using Equation (2) with the data included in
Figures 4b and 5 from 2016 to 2021. The data for the ECIPE indicator corresponding
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to the pumping units installed in TSP1 is shown in Figure 7. The minimum value of
4.57 kWh/PE/year of the ECIPE indicator was reached in 2016 while the maximum value of
5.19 kWh/PE/year was reached in 2019. We noticed an improvement in the ECIPE indicator
of the specific energy consumption of the pumping process in TSP1 after 2019 with a
decrease in the indicator to 5.11 kWh/PE/year in 2020 and 5.03 kWh/PE/year in 2021.
There was an improvement in this specific energy consumption indicator in 2021 of over
3% compared to 2019.
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Figure 7. Specific energy consumption indicator ECIPE (kWh/PE/year) from 2016 to 2021 for
pumping units installed in TSP1.

The specific energy consumption indicator ECIPE of the full water treatment pro-
cess in the Bega MWTS (WTS2 + WTS4) covers a range from 13.85 kWh/PE/year to
15.73 kWh/PE/year over the six years taken into account in our investigation. The range
limits of the ECIPE indicator are determined based on the fact that the energy consumption
in TSP1 represents 33% of the energy consumption of the whole process (see Figure 3).
A literature survey led to a reference value for the ECIPE indicator corresponding to large
water treatment stations (>100,000 PE), as follows: 18 kWh/PE/year for German water
treatment stations [21], 20 ÷ 22.5 kWh/PE/year for northwest European water treatment
stations [22], and 23 kWh/PE/year for Italian water treatment stations [19]. The maximum
value of 15.73 kWh/PE/year determined for the full water treatment process in Bega MWTS
(WTS2 + WTS4) was lower than the reference values specified in the literature. It can be
concluded based on the specific indicators determined above that the energy consumption
in Bega MWTS is in line with the international recommendations for large WTSs.

An in-depth analysis of the pumping process in TSP1 performed in 2019 led to the
identification of limitations in the operation of the pumping units. A new operating
strategy for TP1 pumping units was implemented in September 2020. The improvements
in the reduced operating and maintenance costs due to the new operating strategy were
quantified in 2021. The next section presents the two operating strategies (old and new) of
the pumping units installed in TSP1.
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3. Timisoara Pumping Station No. 1 (TPS1)
Layout of the TPS1

The water flow along the passage from the river intake to TSP is gravitational. The
water settling stage takes place along this passage to the underground suction tank of
the hydraulic pumping units installed in TPS1. This underground suction tank is made
of concrete with a volume of around 160 m3 and the bottom is located at −3.55 m below
ground level. Four DN 600 suction pipes are installed in the underground suction tank of
the TPS1. These four pipes supply four hydraulic pump units (from P1 to P4) installed in
TPS1 which deliver water to the WTS2 and WTS4 filters located approximately 10–12 m
above ground level. Two DN600 valves are installed upstream and downstream of each
hydraulic pump to allow for its maintenance operations. A DN800 butterfly valve installed
on the discharge pipe ensures the interconnected or separate operation of the two WTSs.
An electromagnetic flow meter and a butterfly valve are mounted on each water transport
pipe of DN800 to WTS2 and WTS4 to monitor and adjust the flow rate delivered to the
filters. From each discharge pipe the necessary water is taken for the turbidimeter and the
residual chlorine analyzer is located in the automation panel in order to monitor water
quality.

The value of the flow rate delivered by the pumping units in operation in TPS1 depends
on the volumetric flow rate captured from the Bega River. The water level in the suction
basin of the TPS1 is monitored by an ultrasonic level transducer. This water level is
constantly compared with the water level recorded by the transducer level located on
the Bega River. A warning signal is sent to the operator’s room when a level of 50 cm is
exceeded. The pumps installed in TSP1 are switched off automatically for safety reasons
when the minimum level in the suction tank drops to the level where there is a danger of
sucking air and/or the risk of developing cavitation phenomena.

Two groups of two pumping units installed in TPS1 are supplied with electricity by
two dry transformers of 1000 kVA 20/0.4 kV installed in two transformer cells located in the
20 kV power station. Each pumping unit is driven by a 90 kW/0.4 kV electrical motor. Each
group of two hydraulic pumping units is controlled by a frequency converter that provides
variable speed for one hydraulic pumping unit (VSPU) and a constant speed for the second
one (CSPU). As a result, a technical solution with four pumping units (two VSPUs and
two CSPUs) has been implemented in the Timisoara pumping station no. 1 (TPS1) of the
Bega municipal water treatment station (MWTS). A SCADA system is installed to monitor
and control the operation of the pumping units and the parameters of the water treatment
process. The pumping units installed in TSP1 fulfill the EU regulation 2006/42/EC.

The P1 and P2 pumping units (marked with blue) are included in the group G1 while
the P3 and P4 pumping units (colored with green) belong to the group G2, as shown
in Figure 8a. Each pumping group (G1 and G2) is serviced by a frequency converter to
ensure the variable speed operation of one of two available pumping units. Therefore,
only one pumping unit in each group can be controlled with variable speed at the same
time, Figure 8b. This means that the operation in each pumping group can be performed
with a single pumping unit at a variable speed while the other pumping unit is stopped
or operating at a maximum speed of 730 rpm. The pumping group (G1 or G2) supplies
water towards two water treatment stations (denoted WTS2 and WTS4) (see Figure 2). The
volumetric flow rates required for each WTS are different from one to another and vary
throughout the day.

170



Sustainability 2022, 14, 9130

 
 

(a) (b) 

Figure 8. Timisoara Pumping Station no. 1 (TSP1) equipped with four pumping units: (a) layout;
(b) photo.

Since commissioning in 2011, the TSP1 operating procedure has been selected to pump
with only one single group (e.g., G1), while the second group is in reserve (G2). This
selection of pumping operation in TPS1 implies that the butterfly valve (BV1) located
between the pumping groups (G1 and G2) is always opened (see Figure 9) to supply water
to both WTS2 and WTS4. This operation procedure in TSP1 is called scenario no. 1, or the
old operation strategy.

 

 

(a) (b) 

Figure 9. Layout of the TSP1 with two pumping units selected in one group (G1 or G2) in scenario
no. 1. Butterfly valve BV1 is always opened while butterfly valves BV2 and BV4 are adjusted to
control the volumetric flow rate required by WTS2 and WTS4: (a) panel view; (b) schematic view.
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The performances (pumping head and power versus volumetric flow rate and speed)
of the variable-speed pumping units (VSPUs) installed in TSP1 are plotted in Figure 10a
while the main parameters are given in Table 1. The main parameters (e.g., speed, volumet-
ric flow rate at best efficiency point, pumping head at best efficiency point and reference
diameter) of the pumping units are selected from the manufacturer’s documentation [23].
Both the characteristic speed value nq ≈ 104 and the dimensionless specific speed value
ν = 1.112 are determined according to IEC standard [24]. These values correspond to a
mixed-type flow pump, Figure 10b.

’
≈104 and the dimensionless 

ν = 1

  

(a) (b) 

ω 45 

nq = nQBEP12 HBEP34⁄
  = QBEP (πωRref3 )⁄

 ψ = gH (ω2Rref3 )⁄
 ν = 

12 ψ
34⁄

Figure 10. Variable-speed pumping unit (VSPU) installed in TSP1: (a) performance of the pumping
units: pumping head and power vs. volumetric flow rate and speed; (b) photo of the pumping unit.

Table 1. Main parameters of the pumping units installed in TSP1.

Parameters of the Pumping Unit Symbol (Unit) Value

Maximum speed n (rpm) 730

Angular velocity ω (rad/s) 76.45

Volumetric flow rate at best efficiency point QBEP (m3/s) 0.694

Pumping head at best efficiency point HBEP (m) 10.5

Reference diameter Dref = 2·Rref 0.478

Characteristic speed nq = nQ
1
2
BEP/H

3
4
BEP (-) 104.3

Discharge coefficient ϕ = QBEP/
(

πωR3
ref

)

(-) 0.212

Head coefficient ψ = gH/
(

ω2R3
ref

)

(-) 0.308

Dimensionless specific speed ν =
1
2 /ψ

3
4 (-) 1.112

In this case, the hydraulic parameters delivered by the pumping group in operation
to each WTS are directly correlated with the losses along the hydraulic passage. In the
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normal operation of the TPS1 station, the discharge value delivered to WTS4 is higher than
the value delivered to WTS2 due to the fact that the hydraulic losses along the passage
to WTS4 are smaller than that to WTS2. Therefore, the hydraulic parameters required by
WTS2 are the ones provided by the pumping group while the hydraulic parameters for
WTS4 are controlled by the BV4 butterfly valve. The operating scenario changes when
the hydraulic parameters required by WTS4 are modified due to the filtration system. In
these cases, the discharge value delivered to WTS2 is higher than the value delivered to
WTS4. Therefore, the hydraulic parameters required by WTS4 are the ones to be provided
by the pumping group while the hydraulic parameters for WTS2 are controlled by the
BV2 butterfly valve. This selection of operation of pumps from the same group in TPS1 has
two major drawbacks: (1) part of the energy supplied by the pumping group is lost in the
butterfly valves which are controlled to ensure the hydraulic parameters required by each
WTS; and (2) several events have been recorded which resulted in the failure of various
mechanical components of the hydraulic pump due to the operating conditions beyond the
limits prescribed by the pump designer (see Section 4.2).

A new operating strategy for the pumping units installed in TSP1 has been developed
based on in situ investigations conducted in 2019. The new operating strategy was imple-
mented in TSP1 in September 2020 to better adapt to the operating conditions by improving
specific energy consumption and reducing the failure incidences. The newer operating
strategy for TSP1 pumping units is called scenario no. 2 and involves operation with the
butterfly valve (BV1) closed, as in Figure 11.

Figure 11. Layout of the TSP1 with two pumping units (one pumping unit from G1 and one pumping
unit from G2) operating in scenario no. 2 implemented in September 2020.

In this scenario, the pumping group no. 1 serves the WTS4 and the pumping group
no. 2 supplies water to the WTS2. In other words, one pumping unit (e.g., P1 or P2)
corresponding to the G1 pumping group operates with variable speed to supply water
to WTS4, and one pumping unit (e.g., P3 or P4) available to the G2 pumping group
delivers water to WTS2. Each pumping unit independently adjusts its volumetric flow rate
according to the requirements of each water treatment station. One pumping unit from
each pumping group is in reserve in scenario no. 2. As a result, the energy losses from
adjusting the butterfly valves in scenario no. 1 are eliminated in scenario no. 2. Part of this
energy recovered through the implementation of scenario no. 2 in TSP1 can be found in
the improved values of the specific energy consumption indicators (ECIm3 and ECIPE) for
2021. It is certain that the operating and maintenance costs due to failure incidents in the
operation of the pumping units have decreased, as no incidents were reported in 2021. An
analysis of the failure incidents in the operation of the pumping units installed in TSP1 can
be found in Section 4.3.
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4. Analysis of the Pumping Units Installed in TPS1 in Both Scenarios
4.1. Time Operation Analysis of the Pumping Units Installed in TPS1

The operating time corresponding to the pumping units P1 (light blue), P2 (blue), P3
(light green) and P4 (blue) from 2016 to 2021 are presented in Figure 12. The cumulative
operating time in service for all pumping units is 1200 ± 250 h per month from 2016 to 2019,
except for December 2018. It can be noticed that all four pumping units were in operation
during this time. This means that the pumping groups were in successive operation. Water
pumped to both WTS2 and WTS4 was provided with one or two pumping units available
in a single group (e.g., G1). Then, the pump(s) in the other group (e.g., G2) were only
operational when the first pumping group (G1) was stopped.

There has been an increasing trend in drinking-water consumption since May 2020 due
to the SARS-CoV-2 pandemic. In particular, one can notice a cumulative operating time
of the pumping units installed in TSP1 of over 1350 h every month in 2021, except for
February and November.

The cumulative operating time in service per year of each pumping unit installed
in TSP1 is shown in Table 2 (column marked with grey). The cumulative operating time
per year of all pumps installed in TSP1 increased monotonically from 14,448 h in 2016 to
17,230 h in 2021. There was an increase in the cumulative operating time in service for
all four pumps installed at TSP1 of 2782 h over the six years. The cumulative operating
time per year of all pumping units installed in TSP1 computed as a percentage of the
total available time is determined in the last column of Table 2. It can be noticed that the
cumulative operating time per year for all pumps computed as a percentage from the total
available time increased from 41.2% to 49.2% in last six years. We emphasize that this 8%
represents the increase in the number of operating hours in the last six years for the pumps
installed in TSP1 from the total available hours. The mean operating time for the last six
years of all pumping units installed in TSP1 is 44%. This percentage value of 44% is slightly
lower than the 50% taken into account at the design stage.

The cumulative operating time for each pumping unit installed in TSP1 in the last
six years is presented in Table 2 (row marked with grey). As expected, each pumping
unit installed in TSP1 had a different number of operating hours. It can be seen that
the cumulative operating time in the last six years was shorter for pumping units no. 4
(18,522 h) and no. 1 (22,593 h) and higher for pumping units no. 3 (25,820 h) and no. 2
(25,676 h). It is noted that, in each pumping group, there was a pumping unit with a large
number of operating hours (e.g., P2 in G1 and P3 in G2) and a pumping unit with a small
number of operating hours (e.g., P1 in G1 and P4 in G2). Both pumping units with a large
number of operating hours had a “quiet” operation being the first option in the selection
of the operator. The “quiet” operation of the two pumping units was due to their central
location in TSP1 (see Figure 8a).

Table 2. Cumulative operating time in service for each pumping unit installed in TSP1.

Pumping Group G1 G2
Year (Y)\Pumping Unit (P) P1 P2 P3 P4 Total Time/Y (h) Total Time/Y (%)

2016 4328 4265 2931 2924 14,448 41.1
2017 4165 4431 3243 2647 14,486 41.3
2018 2703 2697 4725 4827 14,952 42.7
2019 4453 4380 3311 3276 15,420 44.0
2020 4750 3488 3327 4510 16,075 45.8
2021 2194 6415 8283 338 17,230 49.2

Total time/P (h) 22,593 25,676 25,820 18,522 92,611 44.0
Total time/P (%) 42.9 48.8 49.1 35.2 44.0

The cumulative operating time of each pumping unit installed in TSP1 computed as
a percentage of the total available time is determined in the last row of Table 2. It can be
noticed that the cumulative operating time values for the two pumping units computed
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as a percentage of the total available time are 48.8% and 49.1% for P2 and P3, respectively.
These percentage values around 49% are slightly lower than the 50% taken into account at
the design stage.
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Figure 12. In situ operating time in hours for the pumping units installed in TSP1: (a) 2016; (b) 2017;
(c) 2018; (d) 2019; (e) 2020; (f) 2021.

4.2. Operating Conditions of the Pumping Units Installed in TSP1

Figure 8a shows that two pumping groups (G1 and G2) make up TSP1. It has already
been underlined that a pumping group is equipped with two pumping units (e.g., P1 and
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P2 belong to G1, while P3 and P4 are part of G2). The pumping units installed in TSP1 are
operated in two ways: (1) with a variable-speed pumping unit (VSPU) and (2) with a
constant-speed pumping unit (CSPU), respectively.

The operation scenario no. 1 in TSP1 involves the variable-speed operation of one
pumping unit within a pumping group while the butterfly valve (BV1) is open (see
Figure 9b). This means that one single pumping group supplies water for both WTS2 and
WTS4. The increase in water requirement for WTS2 and WTS4 over the volumetric flow
rate provided by the pumping unit in operation is ensured by starting the second pumping
unit available in the same pumping group. Operation with two pumping units installed
in the same pumping group means operation with a variable-speed pump unit (VSPU)
and a constant-speed pump unit (CSPU) because there is only one frequency converter for
each pumping group. In this scenario, the volumetric flow rate balance between WTS2 and
WTS4 is achieved by adjusting the butterfly valves (BV2 and BV4) installed on the pipes
that supply them. In this scenario, the second pumping group is in reserve. Two short-
comings are associated with the operation of the pumping units in TSP1 in scenario no. 1:
(1) the energy losses from adjusting the butterfly valves; and (2) the failure incidents in the
operation of the pumping units that increase operating and maintenance costs.

A careful analysis of the operation of variable-speed pumping units (VSPUs) installed
in TSP1 has been conducted. The pumping head curves H(Q) for variable-speed pumping
units (VSPUs) installed in TSP1 are given in Figure 13.

This VSPU operation corresponds with both scenarios no. 1 and no. 2. The solid lines
of the pumping head for six speed values (480 rpm (orange), 530 rpm (light blue), 575 rpm
(magenta), 630 rpm (light green), 680 rpm (dark red), and the maximum value of 730 rpm
(blue) recommended by the manufacturer are plotted based on the experimental data
provided by the manufacturer for VSPU. The red stripe marked on Figure 13 corresponds
to the VSPU maximum speed of the 780 rpm setup in the frequency converter to start the
second pumping unit available in the same pumping group when operating in scenario no.
1. The red stripe marked in Figure 13 is no longer valid for scenario no. 2 due to the second
pumping unit not starting. This is one of the main advantages of scenario no. 2.

 

Figure 13. Pumping head curves H(Q) for variable-speed pumping unit (VSPU) installed in TSP1 and
the hydraulic losses Hr(Q) corresponding to the hydraulic passages of WTS2 (green circles) and
WTS4 (blue diamond).

176



Sustainability 2022, 14, 9130

In situ experimental investigations performed on three pumping units installed in
TSP1 are marked with circle symbols in Figure 13. The curve for the hydraulic losses Hr(Q)
corresponding to the hydraulic passage of each water treatment station (WTS) is determined
with the butterfly valve closed (see BV1 in Figure 9b). Then, the hydraulic losses Hr(Q)
associated with the hydraulic passage of WTS2 are determined with the pumping unit
no. 3 (light green circle symbol O in Figure 13) and the pumping unit no. 4 (green
circle symbol O in Figure 13), respectively. On the other hand, the hydraulic losses Hr(Q)
corresponding to the hydraulic passage of WTS4 are experimentally obtained with the
pumping unit no. 2 (blue diamond symbol ♦ in Figure 13) in the same operating conditions
with the butterfly valve closed. Unfortunately, the determination of the hydraulic losses
Hr(Q) corresponding to the hydraulic passage of WTS4 with the pumping unit no. 1 was
not possible due to suction pressure sensor failure.

Each pumping unit (P3 or P4) in variable-speed operation delivers a volumetric flow
rate value up to 0.55 m3/s at a maximum speed of 730 rpm for WST2. The P2 variable-speed
pumping unit operation provides a volumetric flow value up to 0.6 m3/s at a maximum
speed of 730 rpm for WST4. It is important to note that the same pump units deliver a 10%
higher flow rate for WTS4 than WTS2. This is because the hydraulic passage associated
with WTS4 is shorter than WTS2. As a result, the operation in scenario no. 1 with one
pumping unit with variable speed (VSPU) or two pumping units available in the same
pumping group (one pumping unit with constant speed (CSPU) and one pumping unit
with variable speed (VSPU)), and the butterfly valve (BV1) in the open position, leads to the
dissipation of part of the hydraulic energy by adjusting the butterfly valves (BV2/BV4) on
the hydraulic passages of the water treatment stations (WTS2 and/or WTS4). In addition,
the operation of pumping units at speed values higher than 730 rpm leads to issues that
increase operating and maintenance costs.

Next, a deep analysis of the operation of variable-speed pumping units (VSPUs)
together with constant-speed pumping units (CSPUs) is given. This combined operation
of VSPUs together with CSPUs is specific to scenario no. 1. The pumping head curves
H(Q) for VSPU + CSPU combined operation are given in Figure 14. The black solid line
corresponds to CSPU operation at 730 rpm. The solid lines of the VSPU pumping head
for six speed values (480 rpm (orange), 530 rpm (light blue), 575 rpm (magenta), 630 rpm
(light green), 680 rpm (dark red), and a maximum value of 730 rpm (blue)) are plotted in
combination with CSPU.

–

—
— — —

 

  

 

Figure 14. Pumping head curves H(Q) for combined variable-speed pumping unit (VSPU) together
with a constant-speed pumping unit (CSPU) installed in TSP1 and the hydraulic losses Hr(Q) corre-
sponding to the hydraulic passages of WTS4.
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In situ experimental investigations conducted on combined operation P3 (VSPU) +
P4 (CSPU) are marked with square symbols � in Figure 14. The curve for the hydraulic
losses Hr(Q) corresponding to the hydraulic passage of WTS2 is determined with the
butterfly valve closed (see BV1 in Figure 9b). In situ experimental data determined for
P3 and P4 under the VSPU operation plotted in Figure 13 is added with circle symbols O in
Figure 14. Unfortunately, the determination of the hydraulic losses Hr(Q) corresponding
to the hydraulic passage of WTS4 in P1 (VSPU) + P2 (CSPU) combined operation was not
possible due to pressure sensor failure on the suction of pumping unit no. 1 (P1).

The parallel operation of P3 (VSPU) + P4 (CSPU) pumping units cover the volumetric
flow rate range from 0.7 m3/s to 1.2 m3/s required for WST2 + WST4 operation in scenario
no. 1. The volumetric flow rate range specified above is ensured by the operation of the
pumping unit no. 3 (P3) on a speed range between 550 rpm and 730 rpm and the pumping
unit no. 4 (P4) operates at a constant speed of 730 rpm.

4.3. Major Incidents Recorded in the Operation of the Pumping Units Installed in TPS1

The operation of the pumping units in TSP1 has been affected over time by inci-
dents. Listed below are ten major incidents that affected the pumping units installed in
TSP1 during the period 2016–2021 that have been taken into account in our analysis.

The distribution of major incidents on the pumping units installed in TSP1 is shown in
Figure 15. The following distribution of major incidents is noted: P1—one incident in 2017;
P2—two incidents in 2018 and 2020; P3—four incidents in 2016; and P4—three incidents in
2017, 2019 and 2020.
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Figure 15. Major incidents encountered in service during 2016–2021 for the pumping units installed
in TPS1.

Three major incidents of single-stage pumping units installed in TSP1 are detailed
below. First, the major failure of the mixed-flow-type impeller of the pumping unit
no. 3 registered on 9 March 2016 is shown in Figure 16. This major failure corresponds to
incident no. 3 in Table 3.

The impeller failure of pumping unit no. 3 recorded on 9 March 2016 was found in
the vicinity of the trailing edge of the missing part of the blade (see Figure 16). We note
that the impeller of these pump units was manufactured with stainless steel 316SS. The
impeller was repaired but the cause of the incident has not yet been identified.
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–

  

Figure 16. Impeller failure of the pumping unit no. 3 on 9 March 2016.

Table 3. Major incidents encountered in the service of the pumping unit installed in TSP1.

No. Pumping Unit Date Pumping Unit Incident

1 P3 15 January 2016 Sealing leaks

2 P3 23 February 2016 Sealing leaks

3 P3 9 March 2016 Impeller failure, sealing leaks

4 P3 4 April 2016 Ball bearings failure

5 P4 11 July 2017 Ball bearings failure

6 P1 9 October 2017 Shaft failure

7 P2 9 October 2018 Ball bearings failure

8 P4 21 June 2019 Bearing heating

9 P2 27 May 2020 Bearing heating

10 P4 9 October 2020 Sealing leaks

There have been several failures of ball bearings in the operation of the pumping units
at TSP1 (see Figure 17). Wear and even breakage of the bearing balls was found when
inspecting the bearing box after noises were heard in the operation of the pumping units.
Operating at speeds higher than those recommended by the designer, eccentricities and
shaft alignment deviations caused the pump bearings to overload. The implementation of
scenario no. 2 in September 2020 eliminated the operation of pumping units with speeds
higher than those recommended by the designer.

–

 

Figure 17. Ball bearing failure of the pumping unit no. 2 on 9 October 2018. 
Figure 17. Ball bearing failure of the pumping unit no. 2 on 9 October 2018.

A small clearance (0.5–1 mm) between the shroud front of the impeller and the suction
housing is recommended by the manufacturer to obtain minimum internal leakage from the
high-pressure area (discharge flow at volute) of the pump to the low-pressure area (eye of
the impeller). This clearance is controlled by adjusting the number of seals or the thickness
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of the sealed box gasket. The lateral loading of the impeller and the axial movement of the
rotating assembly of the pump lead to wear on the front surfaces of the shroud impeller and
the pump housing (see Figure 18). A new sealing kit is needed each time to fix problems of
this type.

–

  

Figure 18. Sealing failure of the pumping unit no. 4 on 9 October 2020. 
Figure 18. Sealing failure of the pumping unit no. 4 on 9 October 2020.

It is important to note that in 2021 no incidents were recorded in the operation of the
pumping units. All the information and data included in this case study provide lessons
regarding the service and maintenance activities for the pumping units, and offer valuable
support for other cases in the water sector.

5. Conclusions

The paper focuses on the issues associated with the drinking-water infrastructure of
large cities. The key elements of the water infrastructure corresponding to the drinking-
water supply system and water treatment stations (MWTSs) of Timisoara city are presented.
The Bega municipal water treatment station (MWTS) is considered as a case study for our
investigation. The main components of the water treatment process included in the Bega
MWTS are shown.

Two specific energy consumption indicators (ECIs) associated with water treatment
processes from the Bega MWTS are determined. Both the ECIm3 and ECIPE indicators are
determined for the Bega MWTS from 2016 to 2021, covering the pandemic period. The
ECIm3 indicator corresponded to a range of 0.154 kWh/m3 to 0.166 kWh/m3 over the six
years taken into account for the full process of the Bega MWTS. The maximum value of the
ECIm3 specific energy consumption indicator for Bega MWTS corresponded to the reference
value for water treatment plants with population equivalents larger than 100,000 available
in Europe (e.g., Italy, Germany, Scandinavian countries).

It has been identified, based on recorded data from the Bega MWTS, that 83% of the
energy consumption corresponds to the pumping activities (50% of the energy is consumed
in the water distribution pumping process and 33% of the energy consumption is associated
with the pumping process in TSP1). As a result, the ECIm3 indicator associated with the
energy consumption in the pumping process in TSP1 is improved up to 2% in the last three
years. The ECIPE indicator corresponding to the pumping units installed in TSP1 showed
an improvement in 2021 of over 3% compared to 2019. This slight reduction in energy
consumption was also due to the implementation of the new operating strategy of the
pumping units installed in TSP1.

The number of hours in service for each pumping unit and the total time for all
pumping units were examined for the last six years. It was determined that the cumulative
operating time per year for all pumping units, computed as a percentage from total available
time, has increased from 41.2% to 49.2%. It is emphasized that this 8% represents the
increase in the number of operating hours in the last six years of the pumps installed in
TSP1. The mean operating time over the last six years for all pumping units installed in
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TSP1 is 44%. This percentage value of 44% is slightly lower than the 50% taken into account
at the design stage. It is noticed that there has been an increasing trend in drinking-water
consumption since May 2020 due to the SARS-CoV-2 pandemic.

The layout of the TPS1 has been detailed, and its contribution to the Bega MWTS
has been highlighted. A technical solution with four pumping units (two VSPUs and two
CSPUs) is implemented in TPS1. This old operating strategy, labeled scenario no. 1, has
been implemented in TSP1 since 2011. This operating procedure involves only one group
in service, while the second group is in reserve. The selection of pumping operation in
TPS1 implies that the butterfly valve (BV1) located between pumping groups G1 and G2 is
always open and both water treatment plants (WTS2 + WTS4) are supplied by a single
pumping group (with one or two pumping units). The failure incidents of the pumping
units counted in service were enumerated and correlated with operating conditions. The
main drawback of this operating scenario, identified over time, is the high maintenance
and repair cost of the pumping units. It was identified that the high maintenance and repair
costs of the pump units in this scenario are associated with their operation beyond the limit
set by the manufacturer.

A new operating strategy, labeled scenario no. 2, was developed based on in situ
investigations conducted in 2019. The new operating strategy was implemented in TSP1 in
September 2020 to better adapt to in situ operating conditions, improving the specific power
consumption as well as diminishing the failure incidents. The new operating strategy for
TSP1 pumping units involves operation with the butterfly valve (BV1) closed. As a result,
the pumping group G1 serves the WTS4 and the pumping group G2 supplies water to
the WTS2. One pumping unit corresponding to the G1 pumping group operates with
variable-speed drive to supply water to WTS4 and one pumping unit with variable-speed
drive is available in the G2 pumping group to deliver water to WTS2. Each pumping unit
independently adjusts its volumetric flow rate according to the requirements of each water
treatment station it supplies. One pumping unit from each pumping group is in reserve in
scenario no. 2. The energy losses from adjusting the butterfly valves in scenario no. 1 are
not found in scenario no. 2. Therefore, it is expected that part of this energy recovered
through the implementation of scenario no. 2 in TSP1 is found in the improved values of
the specific energy consumption indicators (ECIm3 and ECIPE) for 2021. It is certain that the
operating and maintenance costs due to failure incidents in the operation of the pumping
units were decreased, as no incidents were reported in 2021. The lessons learned in this
case study are useful for other cases in the water sector.

The AQUATIM Company operates a fleet of hundreds of hydraulic pumping units
that cover a quite wide range of powers, from a few kilowatts to megawatts, installed in
dozens of water treatment stations. Further work will focus on investigating the operating
conditions of pumping systems available in the water treatment plants administrated by
AQUATIM in order to reduce operating and maintenance costs using the lessons learned in
this case study.
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Abstract: The drive for sustainable societies with more resilient infrastructure networks has catalyzed
interest in leakage reduction as a subsequent benefit to energy recovery in water distribution systems.
Several researchers have conducted studies and piloted successful energy recovery installations in
water distribution systems globally. Challenges remain in the determination of the number, location,
and optimal control setting of energy recovery devices. The PERRL 2.0 procedure was developed,
employing a genetic algorithm through extended period simulations, to identify and optimize the
location and size of hydro-turbine installations for energy recovery. This procedure was applied to
the water supply system of the town of Stellenbosch, South Africa. Several suitable locations for
pressure reduction, with energy recovery installations between 600 and 800 kWh/day were identified,
with the potential to also reduce leakage in the system by 2 to 4%. Coupling the energy recovery
installations with a pipe replacement model showed a further reduction in leakage up to a total of
above 6% when replacing 10% of the aged pipes within the network. Several solutions were identified
on the main supply line and the addition of a basic water balance, to the analysis, was found valuable
in preliminarily evaluation and identification of the more sustainable solutions.

Keywords: energy recovery; hydropower; water distribution network; optimization processes

1. Introduction

Numerous studies have been conducted on the potential of energy recovery in wa-
ter supply and distribution systems, with several successful installations globally [1–4].
Small-scale hydropower technology, applied in Water Supply Infrastructure, has been
demonstrated to be a viable renewable energy to develop in South Africa [5,6]. Small-scale
hydropower technology or energy recovery devices utilise excess energy, which is conven-
tionally dissipated, in order to control the maximum admissible pressure in the system
and to avoid pipe rupture [7]. In both the case of a conventional pressure reducing valve
(PRV) and energy recovery devices (ERD) such as hydro turbines, a pressure drop across
the component allows for downstream pressure control [8].

Since leakages are proportional to pressure within the system, a decrease in sys-
tem pressure will reduce the rate of leakage from the system [9]. Extensive research has
been conducted on leakage reduction through pressure management in water supply and
distribution systems. Challenges faced with pressure management are related to the deter-
mination of the number, location, and optimal control settings of pressure management
devices such as conventional PRVs or ERDs such as hydro turbines or pumps-as-turbines
(PAT). The last decade has seen many researchers investigating the optimization of pressure
management in water supply/distribution networks employing optimization techniques
including linear programming (LP), nonlinear program (NLP) algorithms, mixed inte-
grated nonlinear programming (MINLP), mathematical programming with complimentary
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constraints (MPCC), and genetic algorithms (GAs) [9,10]. Interest in leakage reduction
as a benefit of energy recovery has rapidly gained popularity along with the drive for
more sustainable societies and resilient infrastructure networks [11,12]. Several researchers
shifted focus to recovering excess pressure from water supply networks while reducing
water losses at the same time [13–15].

Creaco and Haidar [16] developed a methodology proposing a hybrid algorithm
that attempts to find an installation of control valves for pressure management in District
Metered Areas (DMAs) based on the total installation cost, daily leakage volume, and
demand uniformity.

Analysis of the previous research [1–16] catalysed the 2020 research study by
Bonthuys et al. [17], which developed a procedure employing a genetic algorithm (GA)
to identify and optimize the location and sizes of hydro-turbine installations or conduit
hydropower installations for energy recovery. The procedure, named PERRL [17], differed
from the Creaco and Haidar [16] methodology by specifically focusing on energy recovery
rather than pressure management. Bonthuys et al. [18] improved the developed procedure
to include extended period simulations, enabling the analysis of demand patterns and
demand uniformity similar to Creaco and Haidar [16]. The improved procedure was
termed PERRL 2.0.

A comparison of the PERRL 2.0 procedure and recent related research studies in
energy recovery and leakage reduction was undertaken. The comparison focused on the
study methodology and the conclusions with regards to both energy recovery and leakage
reduction. A summary of the recent research studies related to energy recovery and leakage
reduction from water supply and distribution networks is shown in Table 1.

Table 1. Recent research studies related to energy recovery and leakage reduction from water supply and distribution networks.

Study Ref. Abridged Methodology

Conclusions

Energy Recovery
Pressure

Management/Leakage
Reduction

Modelling Irrigation
Networks for the
Quantification of
Potential Energy

Recovering

[19]
• Calculates the theoretical re-

coverable energy by utilizing
an energy balance

• Discriminate the energy
needed for irrigation, friction
head losses, non-recoverable
energy, and potentially recov-
erable energy in any line in a
network based on flows

• N/A

Simulated Annealing
in Optimization of

Energy Production in
a Water Supply Network

[20]

• Proposed optimization algo-
rithm to provide a selection
of optimal locations for the in-
stallation of turbines in a dis-
tribution network.

• A simulated annealing process
was developed to optimize the
location of the turbines

• Rapid convergence for the
cases of installing up to
three turbines

• Best solutions were not the
combinations of the branches
with highest energetic poten-
tial, indicating the need for a
detailed analysis in terms of
daily variation in flow and tur-
bine efficiency.

• N/A

Energy Recovery Using
Micro-Hydropower
Technology in Water

Supply Systems

[21]

• Critical network points identi-
fied to assess excess pressure

• Algorithm developed to ac-
cess the potential for energy
recovery from identified ex-
cess pressure

• The optimization maximizes
the economic value of the in-
stallation

• Sensitivity analysis of the de-
mand proposed to be consid-
ered to verify the impact of en-
ergy recovery and in the be-
haviour of the network.

• Replacement of PRV
with ERD evaluated

• Effect of ERD on
leakage reduction
not considered
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Table 1. Cont.

Study Ref. Abridged Methodology

Conclusions

Energy Recovery
Pressure

Management/Leakage
Reduction

Pressure Management
by Combining

Pressure Reducing
Valves and Pumps as

Turbines for Water
Loss Reduction and

Energy Recovery

[15]

• Critical network points identi-
fied to assess excess pressure

• Hydraulic modelling (EPANET)
used to evaluate the pressure
situation and pressure manage-
ment strategies

• Hydraulic modelling is an es-
sential tool for understanding
the relationship between flow
and pressure in water distri-
bution systems and to evalu-
ate energy recovery potential

• Leakage modelled
and the effect of dif-
ferent pressure man-
agement strategies
using energy recovery
was analysed.

Recent Innovations
and Trends in

In-conduit
Hydropower

Technologies and
Their Applications in

Water Distribution
Systems

[22]

• In-depth review of the cur-
rently available hydro-turbine
technologies that are suitable
for various in-conduit applica-
tions such as energy recovery

• Several conventional and new
turbine technologies identi-
fied for possible application
within water supply and dis-
tribution networks.

• N/A

Framework
Development for the

Evaluation of Conduit
Hydropower within
Water Distribution

Systems

[23]

• Development of a generic
framework to quantify en-
ergy recovery potential and to
identify potential sites in bulk
water supply systems when
limited data poses a challenge

• Evaluation frameworks were
developed for nine hydropower
types (incl. energy recovery in
WDS) to assist in the evalua-
tion and quantification of hy-
dropower potential.

• N/A

Recovering energy by
hydro-turbines

application in water
transmission pipelines

[24]

• Quantification of the embed-
ded power within a WDS from
hydraulic analysis of the net-
work simulated in WaterCAD

• Identification of energy recov-
ery potential hotspots

• Redesign of network links
(maximum velocity) to allow
conveying of required design
flow rate

• Selection of the best fitting
hydro-turbine type

• Financial and environmental
evaluation of the simulated
scenarios with respect to the
original design

• Redesign of network links
in terms of maximum allow-
able velocity increased the
residual pressure and conse-
quently the potential energy
recovery value.

• From an economic perspec-
tive, installing traditional tur-
bines in water transmission
systems concluded to be feasi-
ble for energy recovery

• N/A

Methodology for
Determining the

Maximum Potentially
Recoverable Energy in

Water Distribution
Networks

[25]

• Determination of the po-
tentially recoverable energy
(PRE)

• A new energy balance is pro-
posed

• Network resilience index
(Recoverable Energy Index
(PREI)) is proposed

• New energy balance gives de-
tail on excess energy in WDNs

• Developed PREI as an indica-
tor of the % of excess energy
that can be recovered

• Includes energy con-
sumed by apparent
losses in leakages

• Does not include
analysis of leak-
age reduction from
energy recovery

Energy Recovery in
Pressurized Hydraulic

Networks
[26]

• Evaluate the possibility of us-
ing non-utilized hydraulic en-
ergy in urban water distribu-
tion systems in terms of:
◦ feasibility and effi-

ciency of installing
turbines or PATs

◦ required hydraulic ca-
pacity of the turbines
or PATs

◦ analysis of installation
points in the pipeline
network

◦ evaluation of possible
energy recovery

• Recommended that energy re-
covery devices be installed in
a parallel position with the
valve that regulates the distri-
bution of the water flow to
each of the intakes of the ur-
ban areas or DMAs

• Payback period alone does
not support the decision to
promote energy recovery;
socio-environmental analy-
ses proposed in addition to
current studies.

• N/A
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From Table 1, it can be seen that recent studies on energy recovery predominantly
focusses on identifying the optimal installation locations within a network based on hy-
draulic capacity and economic feasibility. The addition of energy balances to the latest
research studies improved the evaluation of excess energy in water distribution systems.

Research conducted on the leakage reduction as an effect of pressure management
was not included in the comparison in Table 1, and only studies which focused on leakage
reduction as a benefit or value-add from energy recovery were considered. As can be seen
from Table 1, several studies included analyses of the effect of energy recovery on pressure
management and leakage reduction, however, none included the benefits (economic,
environmental, social) of leakage reduction in the optimisation procedure employed.

Within the South African context, the series of rolling blackouts, known as load-
shedding, that started in 2008 when the total electricity demand within the country started
encroaching on the supply capacity [27] sparked various studies on alternative energy
supply. Additionally, studies on leakage detection and reduction methods have been
sparked by recent severe droughts that have plagued the KwaZulu Natal and Western
Cape provinces following poor rainfall during the 2014 to 2017 rainy seasons.

In May 2018, storage reservoirs in Cape Town, in the Western Cape province of South
Africa, dropped to about 20%. This resulted in the implementation of strict water-usage
restrictions to delay water levels from reaching 13.5%, at which point total failure of
the Cape Town Metropolitan Municipal Water Supply System would have occurred [28].
Above average rainfall in the remainder of 2018 allowed the City of Cape Town to avoid a
complete water supply system failure. The effects of the droughts were worsened by poor
water-management practices and infrastructure deficiencies [29,30]. Although it remains
a priority to understand the probability of similar meteorological droughts in future it is
imperative to start facilitating the improvement of water-management practices as well as
the infrastructure necessary to develop a more resilient system [28].

The Stellenbosch Local Municipality, situated to the northeast of the City of Cape Town,
receives two-thirds of its municipal water from Cape Town via the Wemmershoek and
Theewaterskloof dams, resulting in Stellenbosch experiencing similar water distress during
the drought period. In 2018, the Stellenbosch municipality imposed strict water restrictions‚
limiting users to 6000 L a month and banning several uses of potable water, such as
its application for gardening. Restrictions were also placed on use from groundwater
sources [31].

The current study was conducted to evaluate the Stellenbosch Local Municipality’s
Water Supply System’s suitability for energy recovery installations, and to quantify the
potential leakage reduction emanating from such energy recovery installations. The PERRL
2.0 procedure developed by Bonthuys et al. [18] was incorporated in the analysis of the
Stellenbosch Local Municipality Water Supply System.

2. Methodology

The objective of the study is to test the application of the PERRL 2.0 procedure [18] and
assess the advantage thereof in terms of the operation of a District Metered Area (DMA).
The PERRL 2.0 procedure is an enhanced optimization procedure which incorporates
user-defined weighted importance of specific objectives and extended period simulations
into a genetic algorithm (GA) that identifies the optimum size and location of potential
installations for energy recovery and leakage reduction [18].

The methodology of the study can be outlined as shown in Figure 1. To meet the
study objective, the PERRL 2.0 procedure was used to evaluate the energy recovery and
leakage reduction potential within the Stellenbosch Water Distribution Network, and the
subsequent effects the installation of the recommended energy recovery devices would
have on the operation of the network.
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Figure 1. Study methodology schematic summary.

The paper first evaluates the suitability of the current Stellenbosch Water Distribution
Network Model for use within the PERRL 2.0 procedure to obtain a simplified, stable,
and closely representative model of reality. The current Stellenbosch Water Distribution
Network Model as obtained from the Asset Management Operations of the Stellenbosch
Local Municipality. All changes made to the current model, to make it adaptable for use
within the PERRL 2.0, procedure have been documented and the effect of these changes on
the baseline hydraulic analysis has been evaluated.

The energy recovery installations identified using the PERRL 2.0 procedure, were
modelled within EPANET to obtain hydraulic analyses comparable to the baseline hy-
draulic analysis. The comparison served as a basis for evaluating the energy recovery
installations identified by the PERRL 2.0, hereby assessing the efficacy and applicability of
the procedure to the Stellenbosch Water Distribution Network.

Finally, the comparison of the energy recovery hydraulic analyses and the baseline
hydraulic analysis, was used to identify additional areas where infrastructure changes,
such as pipe replacement programs, increase the potential for energy recovery within
the system.
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3. Stellenbosch Water Distribution Network

The Stellenbosch Local Municipality (LM) is responsible for the governance of the
towns of Stellenbosch, Franschhoek, and Pniel, as well as a number of rural towns, in
the Western Cape Province of South Africa. The Stellenbosch LM covers approximately
900 km2 and supplies water to approximately 199,800 people, including a fairly extensive
industrial area. Water supply to the consumers in the Stellenbosch LM is achieved through
the following water supply systems [32]:

• Stellenbosch (Jonkershoek and Theewaterskloof tunnel);
• Franschhoek;
• Wemmershoek (treated water imported from the City of Cape Town);
• Blackheath (treated water imported from the City of Cape Town);
• Faure (treated water imported from the City of Cape Town);
• Other own sources (Boreholes).

The total water supply system is comprised of 56 reservoirs, holding tanks, and
water towers, 36 water pump stations, 35 pressure-reducing valve installations, 667 km of
pipeline, and 79 water supply zones, with a bulk water input of 8,015,027 kL in 2019/20
or an annual average daily demand (AADD) value of 21.9 ML/day. A total of 69% of the
AADD is supplied by the three water treatment works managed by the LM, namely, Ida’s
Valley, Paradyskloof, and Franschhoek.

Based on the municipality’s IWA Water Balance sheet for 2019/20 shown in Table 2,
the municipality recorded 20.5% for non-revenue water (NRW) and 6.5% for Real Network
Losses which is below the best practice value of 15% [32]. The Stellenbosch LM Long Term
Water Conservation and Demand Management (WC/WDM) Strategy was approved by
Council in February 2014 and updated in 2019. The strategy implicitly includes measures
to further reduce real water losses in the water network.

Table 2. Stellenbosch LM 2019/20 IWA water balance (kL) [32].

Authorized
consumption

88.5%

Revenue Water
79.5%

Billed metered 4,360,974 54.4%

Billed metered (indigent) 1,625,305 20.3%

Billed unmetered 388,195 4.8%

Non-revenue
Water
20.5%

Unbilled metered 240,451 3.0%

Unbilled unmetered 16,030 0.2%

Informal areas not metered 462,601 5.8%

Unaccounted for
Water (UAW)

11.5%

Losses in bulk supply system 0 0.0%

Apparent losses 400,751 5.0%

Real network losses 520,720 6.5%

The Stellenbosch LM water supply networks can be classified into several DMAs that.
For the purpose of the study, only the Stellenbosch Town DMA was modelled and analysed.
The Stellenbosch Town DMA demand comprises 65% of the water supply of the entire
Stellenbosch LM, which amounts to an AADD of 14.8 ML/day. Figure 2 shows the locality
of the Stellenbosch Town DMA and the configuration of the Water Distribution Network.

The estimated Current Annual Real Losses (CARL) in the Stellenbosch Town DMA,
based on the municipality’s 6.9% for Real Network Losses, is roughly 350,000 kL.

The two main sources of raw water supply for the Stellenbosch Town are as follows:

• Eerste River—Kleinplaas Dam (7.224 Mm3/a registered abstraction);
• Western Cape Water Supply System (WCWSS) (3 Mm3/a registered abstraction)—via

Theewaterskloof Tunnel.

188



Sustainability 2021, 13, 12929

Figure 2. Stellenbosch Town DMA and water distribution network configuration.

The Jonkershoek Weir diverts water from the Eerste River in the Jonkershoek Valley
at Kleinplaas Dam and conveys it to two off-channel storage dams in Idas Valley through
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a gravity pipeline. The Jonkershoek Weir combined with the two Idas Valley dams is
the most important source of water for Stellenbosch Town. The treatment capacity of
the Idas Valley Water Treatment Plant (WTP) is 28 ML/day. The WCWSS supplies water
to the Paradyskloof WTP through a pipeline leading from the Stellenboschberg Tunnel
outlet of the Riviersonderend GWS tunnel system. Under normal operation, a volume of
3 Mm3/a is available from this source. The treatment capacity of the Paradyskloof WTP is
10 ML/day [33].

The Stellenbosch Town DMA has a varying topography with the main water sources
of the Jonkershoek Weir and Stellenboschberg Tunnel outlet having elevations of 310 m and
246 m, respectively. The average elevation of consumptive nodes in the system is 134 m,
with the lowest consumptive node elevation equal to 78 m and the standard deviation of
node elevation equal to 34.7 m, indicating a preliminary potential for energy recovery.

As suggested in Bonthuys et al. [34], the study leverages asset management data,
contained within municipal infrastructure asset registers and asset management plans, to
identify energy recovery and leakage reduction potential in municipal water distribution
systems. In this particular case study, the Stellenbosch LM provided access to their IMQS
data, representing the majority of data outlined in the Bonthuys et al. [34] study. The IMQS
data is contained in a GIS-centric, web-based software for Infrastructure Asset Manage-
ment. IMQS data is conventionally used for the maintenance and operational planning
of physical water infrastructure assets by integrating with specialist hydraulic software
packages to offer a geographically linked, infrastructure-lifecycle-focused representation of
a municipality’s water reticulation network [35].

In addition to the Stellenbosch LM IMQS asset management data, the latest Wadiso
planning model for the Stellenbosch LM was also received. Wadiso is a comprehensive
application for the analysis and optimal design of water distribution systems through its
inclusion of a seamless interface to the public domain EPANET program module which is
used in the PERRL 2.0 application [36]. However, the Wadiso model data received was for
a steady state analysis on the peak operation of the LM, whereas the PERRL 2.0 procedure
uses an extended period simulation. The differences in analyses or simulation types
coupled with the several other issues related to the interface between Wadiso, EPANET
and the PERRL 2.0 procedure, necessitated certain amendments to the current numerical
Stellenbosch Water Distribution Network Model.

4. Amendments to Stellenbosch Water Distribution Network Model

Several amendments to the current Stellenbosch LM Water Distribution Network
Model were required to optimally run the PERRL 2.0 procedure and analyse and evaluate
the energy recovery and leakage reduction potential in the network through the installation
of energy recovery devices. The most prominent change was the introduction of a demand
pattern to enable the extended period simulation employed by the GA within the PERRL
2.0 procedure. Standard residential demand patterns, for the applicable levels of service,
were used for the extended period simulation similar to the demand pattern employed by
Bonthuys et al. [34] (Figure 3).

Implementing the demand pattern and changing the model from steady state peak
analysis to extended period simulation resulted in model and procedural instabilities.
These instabilities centred around the synergy between the PERRL 2.0 procedure and the
EPANET model outputs. The PERRL 2.0 procedure was developed to use a 24 h, hourly
timestep Extended Period Simulation (EPS). The hydraulic time step in EPANET was
also set by the user to 1 h. However, in EPANET, time steps shorter than normal occur
automatically in cases of one of the following events [37]:

• the next output reporting time period occurs;
• the next time pattern period occurs;
• a tank becomes empty or full;
• a simple control or rule-based control is activated.
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Figure 3. Stellenbosch Town DMA—adapted demand pattern.

Further analyses of hourly flows in and out of tanks in conjunction with tank storage
volumes indicated that the filling and emptying of tanks occurred at intervals shorter than
the set hydraulic timestep. This resulted in an unbalanced system, runtime errors, and
reporting periods shorter than the 1-h intervals required by the PERRL 2.0 procedure. The
issue was overcome through a reduction in the set hydraulic time steps and the amendment
of several tank storage sizes, to reflect the actual current operations more accurately and
to overcome the errors due to tanks filling or emptying in shorter time steps than the set
hydraulic timestep.

In addition to these amendments, an analysis on the roughness coefficients of the
current network scenario was conducted in order to better estimate pressure losses. This
was conducted by identifying the pipes with higher-than-average roughness coefficients
for known materials. Table 3 shows a comparison of the roughness coefficients for the
different pipe materials in the modelled data with the recommended ranges from literature.
The percentage of modelled pipe concluded as “aged” or in bad condition, due to low
Hazen Williams C-Factors in the source data, are shaded in Table 3.

All pipe segments were also evaluated in terms of head loss (m), pipe length (m), and
unit head loss (m/km). The worst hydraulically performing pipe segments, in terms of
head loss and unit head loss were isolated and are shown in Table 4.

Table 3. Modelled roughness coefficients per pipe length.

Pipe
Material

Modelled
Length (km)

% of Modelled Pipe Length per
Hazen Williams C-Factor

Recommended Range
[38,39]

90 100 110 115 120 130 150 New 25 Years 50 Years
Asbestos

Cement (AC) 192 24 31 9 28 7 1 0 150 130 120

Cast Iron (CI) 0.2 0 100 0 0 0 0 0 130 110 90
HDPE 16 5 26 11 56 2 0 1 150 140 140
uPVC 108 2 34 11 46 1 6 0 150 140 140

Steel 1 0.2 0 100 0 0 0 0 0 150 130 100

Unknown 49 10 42 2 44 3 0 0
1 for welded and seamless steel, the recommended C-Factor can reduce to 100 [40].
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Table 4. Ten worst performing pipe segments at peak flow—Base Scenario.

Pipe ID Length (m) Diameter (mm) Material C-Value Unit Headloss (m/km) Head Loss (m)

3516 5.23 200.00 n/a 115 508.50 2.66

4155 7.67 37.00 uPVC 100 433.96 3.33

4335 18.55 37.00 uPVC 100 433.96 8.05

3526 25.55 200.00 n/a 115 508.50 12.99

3819 34.60 19.00 Steel 100 783.38 27.11

4240 11.30 37.00 uPVC 100 122.63 1.39

4339 18.06 37.00 uPVC 100 122.63 2.22

4033 21.2 54.00 uPVC 100 112.80 2.39

3735 47.68 19.00 uPVC 100 808.03 38.53

3258 12.18 125.00 n/a 100 97.82 1.19

From the above analysis, two different scenarios were proposed for the analysis of
energy recovery potential within the Stellenbosch Town DMA network.

1. Scenario 1—Base scenario analysis with the amended Stellenbosch Water Distribution
Network Model as the status quo, excluding energy recovery installations;

2. Scenario 2—Analysis of the status quo using PERRL 2.0;
3. Scenario 3—Analysis of energy recovery potential with the following amendments to

the network:

a. Replacement of “aged” pipe segments for a defined length upstream of energy
recovery locations identified in Scenario 1;

b. Replacement of defined percentage of “aged” pipes and re-application of the
PERRL 2.0 procedure.

5. Scenario 1—Base Scenario Analysis

To evaluate the starting network performance, a base scenario was run using the
EPANET software.

Figure 4 shows a comparison of the average operating pressure of all consumptive
nodes and the consumed flow within a 24-h modelled operation of the network.

Figure 4. Average operating pressure and consumed flow—Stellenbosch Town DMA—base scenario.

As it can be seen, the hourly averaged operating pressure, at the consumptive nodes in
the base scenario operation of the Stellenbosch Town DMA, fluctuates between 50 and 55 m
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of pressure with minimum values obtained during the hours where the network demand
is at the maximum. The Council for Scientific and Industrial Research [41] specifies the
minimum residual pressure within the South African municipal water services environment
as 24 m (2.4 bar) for house connections under instantaneous peak demand. So, it is clear
that pressures within the system are above the minimum acceptable limit, and the potential
excess pressure in the system could be exploited through ERD.

Figure 5 shows the distribution of the hourly operating pressure at consumptive nodes
in the system during both peak (06h00—07h00) and off-peak (22h00—02h00) times. From
Figure 5 the median of the peak and off-peak operating pressures can be calculated as
50.8 m and 53.3 m, respectively. In both instances, more than 90% of the consumptive
nodes are operating at pressures above the acceptable minimum residual pressure, and
more than 50% are operating above double the acceptable minimum residual pressure,
further indicating the potential for energy recovery within the system. Figure 6 shows
the spatial distribution of different operating pressure ranges for the base scenario of the
Stellenbosch Town DMA during peak and off-peak operations. As it can be seen, there
is a significant percentage of the consumptive nodes characterized by operating pressure
values exceeding double the inferior limit and a number of them with operating pressure
values exceeding the triple of the inferior limit.

Figure 5. Consumptive node operating pressure cumulative distribution.

The following metrics (Table 5) were calculated from the results of the base scenario
run (Scenario 1) and used in the evaluation of solutions from Scenario 2 and 3 discussed in
the following sections.

Table 5. Base scenario—performance metrics.

Average operating pressure 52.47 m

Modelled % consumptive nodes below minimum residual pressure 2.8%

Modelled % demand below minimum residual pressure 3.7%

Pumps
kWh/m3 (avg) 0.3

Average kW 121.95

Water Balance

Demand 24.3 ML

Supply 25.3 ML

Network Start Storage 90.9 ML

Network End Storage 92.3 ML

Change in storage 1.4 ML (1.6%)

% Imbalance 1.9%
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Figure 6. Consumptive node operating pressure spatial distribution.

6. Results and Discussion

The base scenario analysis of the Stellenbosch Town DMA showed potential for energy
recovery. The mean operating pressures calculated at the consumptive nodes, for both
the peak and off-peak hours, are considerably more than the minimum residual pressure
prescribed by the Council for Scientific and Industrial Research [41].

The results of both Scenarios 2 and 3 are shown in the following sections and discussed
in Section 7.

6.1. Scenario 2

Figure 7 shows the three energy recovery locations for the five top ranked solutions
for energy recovery and leakage reduction in the Stellenbosch Town DMA for the Scenario
2 analysis. The main performance metrics of these five solutions are summarized in Table 6,
which also reports the total energy recovery and leakage reduction potential. In the Table,
the proposed solutions are compared with the base case scenario discussed in Section 5.
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Figure 7. Scenario 2—Top proposed energy recovery locations.

Table 6. Scenario 2—Solution comparison. The three individual energy recovery locations (sites) are indicated in terms of
the numerical sequence assigned to the pipes at which the installations are proposed.

Base Solution 1 Solution 2 Solution 3 Solution 4 Solution 5

Average operating pressure at
consumptive nodes (m) 52.47 52.49 52.10 51.94 52.02 51.86

Average system pressure 53.53 52.64 52.29 52.50 52.58 52.53

Modelled % consumptive nodes below
minimum residual pressure 2.8% 2.8% 2.8% 2.8% 2.8% 3.0%

Modelled % demand below minimum
residual pressure 3.7% 3.7% 3.8% 3.8% 3.8% 4.0%

Pumps
kWh/m3 (avg.) 0.30 0.30 0.30 0.29 0.29 0.30

Average kW 121.95 161.59 160.43 122.19 122.15 122.25

Water
Balance

Demand (ML) 24.3 24.3 24.3 24.3 24.3 24.3

Supply (ML) 25.3 30.7 30.9 26.3 26.3 26.3

Network Start
Storage (ML) 90.9 90.9 90.9 90.9 90.9 90.9

Network End
Storage (ML) 92.3 97.0 97.0 93.2 93.1 93.3

Change in storage 1.4 ML
(1.6%)

6.2 ML
(6.8%)

6.1 ML
(6.7%)

2.3 ML
(2.6%)

2.2 ML
(2.5%)

2.4 ML
(2.7%)

% Imbalance 1.9% 0.8% 1.5% 1.5% 1.2% 1.6%

Energy
Recovery kWh/day 812 692 665 667 649

Leakage Reduction % 2.47% 3.65% 2.98% 2.82% 2.95%

Site1 Link 3 060 500 3 582 2 717 4 445

Site2 Link 3 673 3 668 2 044 1 750 1 242

Site3 Link 4 126 3 064 689 3 673 3 673
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6.2. Scenario 3

Table 7 shows the pipe sections upstream of the energy recovery locations (Solution
3—Scenario 3), which has been replaced by new uPVC pipes. Link 3 582 is on one of the
450-mm diameter main supply lines from the Jonkershoek Weir. The entire length of pipe
from Link 3 582 back to the supply from the Jonkershoek Weir was modelled to be replaced.

Table 7. Pipe replacement details.

Energy Recovery Location (Model Link No.) 3582 2044 689
Pi

pe
R

ep
la

ce
m

en
t Start Node 3138 3945 416

End Node 3055 1749 579
Pipe Diameter (mm) 400 450 450

Pipe Length (m) 61 838 485

Start Node 3933
End Node 3138

Pipe Diameter (mm) 450
Pipe Length (m) 6380

Total Pipe Replacement Length (m) 6441 838 485

Scenario 3a was run with the preferred proposed energy recovery solution as per
Scenario 2 (Solution 3) for the base case hydraulics and roughness parameters, as well
as the amended roughness parameter corresponding to the proposed pipe replacement
(Table 8).

Table 8. Top proposed energy recovery installation—Hydraulic effect of pipe replacement.

Roughness Base Case Pipe Replacement

Energy Recovery Location Induced Headloss Scenario 2
Results

Scenario 2
Results

Average operating pressure at consumptive nodes (m) 51.94 51.89

Average system pressure (m) 52.50 52.58

Modelled % consumptive nodes below minimum
residual pressure 2.8% 2.8%

Modelled % demand below minimum residual pressure 3.8% 3.8%

Pumps kWh/m3 (avg.) 0.29 0.30
Average kW 122.1 122.3

Water Balance

Demand (ML) 24.3 24.3
Supply (ML) 26.3 26.4

Network Start Storage (ML) 90.9 90.9
Network End Storage (ML) 93.2 93.2

Change in storage 2.3 ML
(2.6%)

2.3 ML
(2.6%)

% Imbalance 1.5% 1.2%

Site 1

Link 3582 3582
Loss Coefficient 203.6 203.6

Induced Head loss (Peak) (m) 25.6 30.0
Flow (Peak) (LPS) 196.9 214

Energy Recovery Potential (Peak) (kW) 34.6 44.1
Energy Recovery Potential (Daily Avg.)

(kWh) 448 573
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Table 8. Cont.

Roughness Base Case Pipe Replacement

Site 2

Link 2044 2044
Loss Coefficient 833.4 833.4

Induced Head loss (Peak) (m) 19.6 19.6
Flow (Peak) (LPS) 108.2 108.5

Energy Recovery Potential (Peak) (kW) 14.6 14.64
Energy Recovery Potential (Daily Avg.)

(kWh) 119 120

Site 3

Link 689 689
Loss Coefficient 948.1 948.1

Induced Head loss (Peak) (m) 15.2 15.2
Flow (Peak) (LPS) 88.9 89.3

Energy Recovery Potential (Peak) (kW) 9.3 9.32
Energy Recovery Potential (Daily Avg.)

(kWh) 98 99

Total Energy Recovery Potential (Daily Avg.) (kWh) 665 792

Total Leakage Reduction Potential 2.98% 2.73%

For Scenario 3b, 10%, 25%, and 50% of all the “aged” pipes identified in Table 3 were
replaced by uPVC pipes with roughness parameters within the recommended range for
new pipes. For Scenario 3b, the effect of pipe replacement on the CARL within the system
was also incorporated by reducing the CARL proportionally to the sizes and lengths of the
pipes replaced.

Figure 8 shows the modelled leakage reduction and energy recovery for the system
post pipe replacement for the top 20 solutions of each pipe replacement scenario. The large
markers were used for each pipe replacement scenario to indicate the average modelled
leakage reduction and energy recovery.

Figure 8. Scenario 3b—Energy recovery and leakage reduction potential—top 20 solutions of each
pipe replacement scenario.

Figure 9 shows the location of the three energy recovery locations (sites) for the top
five proposed energy recovery solutions for Scenario 3b with 10%, 25%, and 50% of all the
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“aged” pipes, whereas Table 9 shows the comparison between the solutions for Scenario
3b and the base case scenario. Some of the top five proposed energy recovery solutions
identified the same or very similar locations for more than one solution. For the sake of
clarity, in Table 9, only the top proposed energy recovery solution was reported.

Figure 9. Scenario 3b—Top proposed energy recovery locations.

Table 9. Scenario 3b—Solution comparison with different pipe replacement models.

Base Solution 1

Pipe Replacement Base Case 10% 25% 50%

Average
operating pressure

Pipe Replacement Only
52.47 m

53.02 m 53.30 m 53.35 m
Incl. Energy Recovery 52.53 m 52.40 m 52.67 m

Average “aged” piped
system pressure

Pipe Replacement Only
53.53 m

56.45 m 55.59 m 53.87 m
Incl. Energy Recovery 56.47 m 55.62 m 53.15 m

Modelled % consumptive nodes below minimum
residual pressure 2.8% 3.4% 4.1% 2.5%

Modelled % demand below minimum residual pressure 3.7% 4.3% 5.0% 3.4%

Pumps kWh/m3 (avg.) 0.3 0.29 0.29 0.29
Average kW 121.95 131.98 131.66 132.34

Water Balance

Demand 24.3 ML 24.3 ML 24.3 ML 24.3 ML
Supply 25.3 ML 27.0 ML 28.3 ML 22.7 ML

Network Start Storage 90.9 ML 90.9 ML 90.9 ML 90.9 ML
Network End Storage 92.3 ML 94.0 ML 93.7 ML 89.6 ML

Change in storage 1.4 ML (1.6%) 3.1 ML (3.4%) 2.8 ML (3.1%) −1.2 ML (−1.3%)
% Imbalance 1.9% 1.8% 3.8% 2.0%

Energy Recovery kWh/day 606 713 902

Leakage Reduction Pipe Replacement Only 3.8% 10.1% 21.6%
Incl. Energy Recovery 6.2% 13.4% 23.5%

Site 1 Link 4137 1597 1597

Site 2 Link 2044 4454 3675

Site 3 Link 4428 4319 3677
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7. Discussion

The Stellenbosch Town DMA was analysed using the PERRL 2.0 procedure to identify
potential for energy recovery and to optimize the size and location of the energy recov-
ery installations, based on several factors including the potential for leakage reduction.
In Scenario 2 the DMA is analysed with the current network hydraulics as described in
Sections 3 and 4. The varying topography and clear potential for energy recovery high-
lighted in Figures 5 and 6, coupled with the dynamic nature of a network supplied by
numerous sources and several consumptive nodes with operating pressures above the
minimum residual pressure, made the PERRL 2.0 procedure an ideal analysis method for
energy recovery optimization.

The desktop analysis as well as the base case scenario run of the Stellenbosch Town
DMA indicated a large degree of “aged” pipes in the network with low roughness coef-
ficients causing high friction losses and less available potential head for energy recovery.
High friction losses, however, lower the average operating pressure in the system and in
turn cause lower losses due to leakages. However, the high friction losses are from “aged”
pipework, which is more susceptible to damage and subsequent leakage. Pipe replace-
ment lowers the friction losses in replaced pipe segments and potentially increases the
available head for energy recovery. Higher available head, however, also results in higher
leakages from the system, although pipe replacement by nature decreases the number of
damaged pipes and in turn the leakage from the system. Scenario 3 was run to analyse the
effect of selective pipe replacement on energy recovery and leakage reduction within the
Stellenbosch Town DMA.

The results shown in Section 6 are discussed in more detail in the following sections.

7.1. Scenario 2

Scenario 2 was run using the base case hydraulic characteristics of the Stellenbosch
Town DMA, and applying the PERRL 2.0 optimization procedure, which incorporates the
user-defined weighted importance of specific objectives and extended-period simulations
into a genetic algorithm, to identify the optimum size and location of potential installations
for energy recovery and leakage reduction [18].

Within the PERRL 2.0 process, 10 independent simulation runs, with an initial popula-
tion of 100 and an energy-recovery location number set to 3, were performed. The PERLL
2.0 process is a multi-objective optimization procedure, and the independent simulation
runs were used to define a Pareto frontier. Similar to previous research [18], the objective
functions within the PERRL 2.0 optimization procedure included maximizing the energy
recovered and minimizing the cost of water lost through leakage by an overall leakage
reduction in the network. The potential yearly revenue along with the current annual real
losses (CARL) of the system and the nominal cost of water were used within the PERRL
2.0 procedure to calculate a weighted score to rank the potential energy recovery solutions.
The monetary value of energy recovered was calculated per unit rate using an average
electrical cost and the water cost per kilolitre was defined as all cost savings from the
leakage reduction and included the surface water abstraction and treatment electricity
consumption cost, the water distribution electricity consumption cost, and the average
water rate (loss of sales) [34]. The CARL of the Stellenbosch Town DMA was calculated as
350 ML.

All solutions highlighted the potential of reducing the leakage up to 3.65% (Solution 2)
and of recovering energy up to 812 kWh/day (Solution 1). However, the maximum
values of both these goals are not achieved by a single solution. In particular Solution 1
allows for significantly more energy recovery than the other solutions (812 kWh/day vs.
649–692 kWh/day) at the cost of the minimum reduction in leakage (2.47%). Looking at
the locations in Figure 7, all solutions had proposed installations on the main supply line
from the Jonkershoek Weir. In particular, Solution 1 has two locations in common with
Solution 2 (Sites 1 and 2 vs. Sites 2 and 3), and hence it is the third site that makes the
difference between the achievement of the maximum energy recovery (Solution 1) and
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the maximum leakage reduction (Solution 2). Site 3 of Solution 1 is located in the centre
of the considered DMA with the operating conditions allowing for more energy recovery
than all the other sites, however, the corresponding pressure drop deriving from the ERD
installation negatively affects the pressure distribution in the other zones of the DMA. In
contrast, the third site of the Solution 2 (Site 1) is located on the periphery of the DMA
(blue cross on the left of Figure 7) with less energy recovered but also less impact on the
average pressure of the system.

To identify the best solution among the top five, the water balance in the district was
also analysed since it affects the pumping power needs of the district. In this case, Solution
3 has a water balance more comparable to the base case scenario (121.95 kW vs. 122.19 kW
of average pump power) and, hence, is preferable. Despite their higher weighted score
in the PERRL 2.0 procedure, Solution 1 and 2 both have considerably higher average kW
pump usages than the base case scenario (161.59 and 160.43 kW).

Solution 5 performed well in terms of the average pump energy use and storage vol-
ume changes but showed an increased percentage of demand below the minimum residual
pressure. Solution 5 was shown to have the lowest operating pressure at consumptive
nodes but a higher average system pressure than both Solution 2 and 3, indicative of the
lower leakage reduction potential and, therefore, was not selected as the preferred option.

Solutions 3 and 4 compared well to the status quo operations of the DMA with similar
results for the consumptive node operating pressure analysis, water balance analysis and
pump pressure usage. These solutions also have very similar average operating pressures
at consumptive nodes; however, Solution 3 has a lower average system pressure, which
results in higher leakage reduction potential and a higher overall weighted score in the
PERRL 2.0 procedure. Thus, for the above-mentioned reasons, Solution 3 was chosen as
the preferred solution for Scenario 2.

7.2. Scenario 3

The third scenario that was run aimed at showing the effect of “aged” pipes in the
Stellenbosch Town DMA on the energy recovery and leakage reduction potential. Hy-
draulically poor-performing or “aged” pipes with relatively high friction losses over short
pipe lengths reduce the available energy in the system for energy recovery in gravity-fed
systems. In systems where additional head is added through pumps, these hydraulically
poor-performing pipe segments increase the overall pumping energy consumption in
the system.

For the first option of Scenario 3, Scenario 3a, only the pipe segments associated with
the immediate upstream pipe network of the top proposed energy recovery solutions were
considered for pipe replacement with new pipes of similar diameters. The pipe replacement
changes the hydraulic characteristics of the network by changing the roughness coefficients
of the replaced pipe to fall within the recommended range of factors, as indicated in Table 3.
The change in roughness theoretically increases the head available for energy recovery but
also has the potential to increase the average operating pressure within the system, which
will in turn increase overall leakage. Pipe sections immediately upstream of the proposed
installation were replaced back to a point where the supply line convergences with another
line or back to the supply reservoir. This was done to ensure the pipe replacement benefits
the proposed energy recovery installation. The proposed pipe replacement details are
shown in Table 7.

Scenario 3a was run with the preferred proposed energy recovery solution of Scenario 2
for both the base case hydraulics and roughness parameters, as well as the amended
roughness parameter corresponding to the proposed pipe replacement. The hydraulic
performance of the two simulation runs were compared and analysed in terms of flow,
head loss and energy recovery potential, as well as the effect on the average operating
pressure and leakage reduction within the system. This was done in order to indicate the
effect of the pipe replacement on the energy recovery and leakage reduction potential in
the system.
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As expected, the pipe replacement in Scenario 3a increased the energy recovery
potential in all three identified sites by decreasing the roughness of the pipes upstream of
the potential locations. At all points, this increased the flow through the section of pipe
due to the lower friction losses. The lower friction losses also account for higher available
pressure head above the minimum residual pressure. For Sites 2 and 3, the increases were
slight, which can be attributed to the short section of pipes being theoretically replaced
upstream of the installation sites.

For Link 3 582, over 6 km of pipe was modelled to be theoretically replaced. This
increased the daily potential energy recovery at the site by 28%. This does, however, also
increase the average operating pressure head downstream of Link 3 582. Figure 10 shows
the operating pressure at Node 3 055, immediately downstream of Link 3 582, before
the implementation of energy recovery, with energy recovery and with energy recovery
following pipe replacement. From Figure 10 it can be noted that the pipe replacement
scenario increases the daily operating pressures. Table 8 indicates an increase in the overall
system pressure, but due to the dynamic nature of the network, it still reports a slight
decrease in average operating pressure at consumptive nodes. With the operating pressure
at Node 3 055, with pipe replacement being higher than the pressure with energy recovery
alone, there still exists excess pressure available for energy recovery. Utilizing this excess
energy will undoubtably further reduce the average operating pressure at consumptive
nodes, resulting in a lesser weighted score through the PERRL 2.0 procedure. The overall
increase in system pressure also explains the decrease in Total Leakage Reduction Potential
between the scenario with base case roughness and the scenario with pipe replacement
roughness implemented, notwithstanding the increase in Total Energy Recovery Potential

Figure 10. Node 3 055 daily operating pressure—scenario analysis.

The Scenario 3b analysis replaced the “aged” pipes as discussed previously and
calculated a new CARL based on the modelled system, with the assumption that the base
CARL was equally distributed in size and frequency along the length of the pipe network.
Replaced pipes were modelled not to have any leakage and thus effectively reduces leakage
prior to the installation of energy recovery devices.

Following the pipe replacement, the PERRL 2.0 procedure was applied to identify
and optimise potential energy recovery installations. The leakage reduction calculation in
the PERRL 2.0 procedure now incorporated the effective reduced CARL calculated in the
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previous step. The PERRL 2.0 procedure was applied to the amended networks and new
proposed energy recovery solutions were identified.

As expected, the average operating pressure for the 10%, 25%, and 50% pipe replace-
ment scenarios, without energy recovery implemented, increased from 52.47 m to 53.02 m,
53.30 m and 53.35 m, respectively. Nevertheless, the replacement of the “aged” pipes allows
for the reduction of leakages with respect to the base case scenario from 3.8% up to 21.6%
and also with respect to the solutions of the Scenario 2 (only energy recovery). This leakage
reduction is further increased when the energy recovery is considered in the simulations
and reaches a maximum of 23.5%.

As regards the energy recovery, it is interesting to notice that the amount of energy
recovery increases starting from the 25% of pipe replacement. In case of 10%, the con-
tribution of the pipe replacement is not significant. A possible reason of this negligible
contribution could be the locations of the replaced pipes in comparison with the locations
of the energy recovery devices: The replaced pipes are not sufficient for positively affecting
all the potential ERD installations.

The objective of the study was to test the application of the PERRL 2.0 procedure
and assess the advantage thereof in terms of the operation of the Stellenbosch Water
Distribution Network by evaluating the energy recovery and leakage reduction potential
within the network and the subsequent effects that the installation of energy recovery
devices has on the operation of the network. Through the application of the PERRL 2.0
procedure the “status quo” of the Stellenbosch Town DMA was analysed and compared
with several scenarios with varied degrees of pipe replacement. The PERRL procedure
identified several potential locations for energy recovery within the current Stellenbosch
Town DMA (status quo) based on a weighted score of energy recovered, leakage reduction,
and estimated capital installation cost. Conclusions and recommendations based on the
analysed scenarios are discussed in the following section.

8. Conclusions and Recommendations

The PERRL 2.0 procedure, similar to recent research compared in Table 1, optimizes the
installation of energy recovery devices within a water distribution system. The procedure
differs from current applied methods in that it incorporates the effect and benefits of
leakage reduction within the optimisation process, as illustrated by the current study.

The post-processing of the discussed results were compared the top proposed so-
lutions/installations based on several factors from consumptive node pressures, overall
water balance and correlation to the status quo, average pump energy usage, as well as
network storage changes.

The following overall conclusions were made from the initial analysis:

• The hydraulic operations of the energy recovery solutions need to mimic the status
quo operations as closely as possible, barring the increased pressure reduction at
proposed installations. Varying too far from the current operations will not result in
sustainable energy recovery installations without a change in system operations;

• The addition of a water balance analysis to the energy recovery and leakage reduction
analysis is valuable in identifying sustainable solutions;

• All proposed installations had considerably high average system operating pres-
sures post energy recovery, which indicated additional potential in the network not
accessible through current system operation or configuration;

• Applying additional DMAs within the Stellenbosch Town and limiting the effect
of energy recovery installations on all consumptive nodes could potentially further
increase the total energy recovery potential in the system. The existence of several
network water storages between sources and end users indicates potential for such
network operations and needs to be further investigated.

The third analysed Scenario incorporated pipe replacement, firstly only on pipe
segments upstream of proposed energy recovery solution (3a) and secondly at set pipe re-
placement levels of 10%, 25%, and 50% of all the “aged” pipes identified in the district (3b).
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Scenario 3a indicated a higher total energy recovery potential with a lower total
leakage reduction potential. This is attributed to the slightly higher overall average system
pressure indicated in Table 8 and the fact that Scenario a did not account for reduced CARL
due to pipe replacement.

Scenario 3b was run to show the effect of varying degrees of pipe replacement within
the system. Scenario 3b differs from 3a, since it re-applies the PERRL 2.0 procedure
to evaluate the energy recovery and leakage reduction potential after pipe replacement
considering the dynamic changes to the system operation following the hydraulic changes
to the system. The following observations and conclusions were made from the Scenario
3b modelling:

• Leakage reduction in the system for Scenario 3b was first calculated as leakage re-
duction from the pipe replacement only, and the reduced CARL was then used to
calculate the additional leakage reduction as a benefit from energy recovery through
the PERRL 2.0 process;

• The leakage reduction increased as pipe replacement increased for 10% and 25% pipe
replacement. For 50% pipe replacement, the modelled leakage reduction reduces.
With 50% of the network pipe replaced and in effect not being affected by energy
recovery in terms of leakage reduction, this occurrence is validated;

• The less pipes are replaced, the higher the average operating pressure in the replaced
pipes are (both for the pipe replacement only and energy recovery scenarios). In-
creasing pipe replacement percentage, however, still increases the average operating
pressure in the entire system, which indicates a very localized effect of pipe replace-
ment when conducted on a small scale;

• The average operating pressure in the “aged” pipes move closer to the average oper-
ating pressure of the entire network as the percentage of pipe replacement increases.
This is largely due to the fact that with an increased pipe replacement percentage,
the “aged” pipe network length becomes closer to the entire network length. It can
also be attributed to the fact that the more pipes are replaced, the closer the network
operations become to the base case scenario. This is indicated by the closer correlation
of the water balance figures for 50% pipe replacement;

• The previous observation is reinforced by Figure 9, which shows the average distri-
bution of solutions for the 50% pipe replacement scenario similar to the optimum
solution for the base case scenario;

• In all scenarios, several solutions are contained in the main supply lines from the
Jonkershoek Weir. These supply lines carry the largest flow volumes resulting in large
energy recovery potential changes with small induced headloss.

• In general, the following conclusions were made from the study:
• The PERRL 2.0 procedure performed well in conducting a baseline assessment and

scenario modelling of the energy recovery and leakage reduction potential within the
Stellenbosch Town DMA.

• Water distribution and water supply systems are dynamic in nature and require a
holistic approach to energy recovery modelling.

• Due to the dynamic nature of water supply systems, energy recovery potential instal-
lation evaluation should include investigations on the effect of the installation on the
overall systems operations to indicate the sustainability of the potential installations.
The incorporation of a basic water balance in the evaluation procedure provided
valuable insight into the effect of energy recovery on the network operations.

• The replacement of aged infrastructure increases the potential for both energy recovery
and leakage reduction within a system. Pipe replacement, however, changes the
hydraulic operations of the system and could to some extent require revision of the
system operating procedures.
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9. Disclaimer

The output of the research conducted in this article was generated from developed
hydraulic models of the Stellenbosch Town Water Supply Infrastructure. These models
incorporate assumptions informed by demand modelling and have not been calibrated to
any specific time, date, or scenario of measured data from the Stellenbosch Water Supply
Networks. This research does not reflect or constitute the views of the Stellenbosch LM or
any individuals affiliated with the Stellenbosch LM.
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