
Advances in 
Direct Injection 
Reciprocating 
Internal Combustion 
Engines

www.mdpi.com/journal/applsci

Selected articles published by MDPI



Advances in Direct Injection
Reciprocating Internal 
Combustion Engines





Advances in Direct Injection
Reciprocating Internal 
Combustion Engines

Selected Articles Published by MDPI

MDPI • Basel • Beijing • Wuhan • Barcelona • Belgrade • Manchester • Tokyo • Cluj • Tianjin



This is a reprint of articles published online by the open access publisher MDPI from 2017 to 2019

(available at: http://www.mdpi.com). The responsibility for the book’s title and preface lies with
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Internal combustion engines (ICE) are the main propulsion systems in road transport. In mid-2017,
Serrano [1] referred to the impossibility of replacing them as the power plant in most vehicles.
Nowadays, this statement is true even when considering the best growth scenario for all-electric and
hybrid vehicles. The arguments supporting this position consider the growing demand for transport,
the strong development of cleaner and more efficient ICEs [2,3], the availability of fossil fuels, and
the high energy density of said conventional fuels. Overall, there seems to be strong arguments to
support the medium-long-term viability of ICEs as the predominant power plant for road transport
applications. However, the situation has changed dramatically in the last few years. The media and
other market players are claiming the death of ICEs in the mid-term [4]. Politicians from several G7
countries, such as France, Spain, and the United Kingdom, have announced the prohibition of ICEs in
their markets [5], in some cases, as early as 2040. Large cities, such London, Paris, Madrid, and Berlin,
are also considering severe limits to ICE-powered vehicles. What is the analysis that can be made from
this new situation?

1. What Is the Problem with ICE (Internal Combustion Engines)?

The media’s arguments against ICEs range from the need to reduce CO2 emissions (global
warming) to the need to improve the air quality in cities (NOx and particulate matter emissions).

Much of this debate about the future of ICEs has arisen from the Dieselgate scandal [6,7]. A horrible
wrong decision from a management and engineering point of view at a specific time and place has
generated a worldwide butterfly effect in the automotive industry. However, making the problem a
virtue, Dieselgate has forced new regulations to obtain much more efficient and cleaner ICEs [8–11].

As commonly takes place, old and lax pollutant regulations have now resulted in a pendular effect
toward radically contrary positions, delighting the media and generating excessive political reactions
without a clear scientific basis. All this is reflected in the look to publish a sufficiently popular or good
news novelty. We could define the situation as energy populism. Although new regulations that force
ICE technology to be more environmentally friendly must always be welcome, prohibitions motivated
by a poor diagnosis of the situation will not help at all, neither to improve air quality nor to mitigate
global warming.

2. What Is the Problem with Electric Vehicles?

What should be the alternative to the current ICE in the mid-to-long term? Combining the
pendulum effect of public opinion with the excellent marketing of new actors in the passenger car
sector, a confusion cocktail is served for the media. After all, one might ask if the use of the conventional
propulsive systems over 120 years was the right path. How can such an old concept be innovative?

Appl. Sci. 2019, 21, 4597; doi:10.3390/ijms21094597 www.mdpi.com/journal/applsci1
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How can the ICE be great and technologically advanced at burning fossil fuels? An easy but wrong
conclusion comes without the need of reflection: Let us welcome “new electric motors and batteries”
in zero-emission cars!

The bad news is that energy is neither created nor destroyed, only transformed. Electric motors
and batteries are not new, nor are they clean and, in general, are not free from problems. One can
directly identify two relevant problems.

The first problem is that vehicle propulsion involves energy transformations and the electric
motor does not use a primary energy source but an energy vector. Although public opinion has a clear
idea of how some processes like friction can negatively affect transport applications, the understanding
of the impact of the second law of thermodynamics is limited. The problem is that electricity must
be produced, most usually from non-renewable energy sources, which equals around 60% in energy
losses, and then transported, which adds 20% of additional losses. Unfortunately, renewable sources
are barely 10% of the global energy mix, as observed in Figure 1 [12] without a medium-term forecast
of significant increase.

 

Figure 1. Evolution of world energy consumption by origin during the last 25 years [12].

In some countries like the USA, China, Russia, Poland, South Korea, or Germany, fossil fuels,
including a good percentage of coal, remain the largest source of energy as a raw material for electricity
production. In a first approach, the only G8 country with real alternatives to CO2-emitting technologies
is France due to its continued commitment with nuclear energy. Therefore, with the current energy
mix and with an analysis of the complete life cycle, the so-called analysis from the cradle to the grave,
the alternative to electric motors will not eliminate global CO2 emissions.

On this concern, Figure 2 [13] which takes the data from the cradle to the grave analysis elaborated
by the JEC—Joint Research Centre-EUCAR-CONCAWE collaboration [13] effectively shows how with
the European electricity production mix the shift to battery electric vehicles (BEVs) would reduce
but not remove CO2 emissions. The reduction of the EU electricity mix is estimated as 40 gCO2/km
(from 210 to 170 gCO2/km) in a total shift from ICEs to BEVs. However, the European Union reaches
35% of the mix between renewable and hydraulic energy sources [12], while worldwide, it is just 10%
(Figure 1). If one thinks that CO2 emission is a global problem, energy policies on this regard cannot be
acceptable being regional.
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Figure 2. Life-cycle CO2 emissions as a function of the energy source [13] with data from [14].

More recently, in April 2019, the international media echoed a recent study performed by the
German IFO (Institute Center for Economic Studies, CESifo GmbH) conducted by Sinn et al. [15], who
calculated that a Tesla Class 3 emits from 156 to 180 gCO2/km during its lifetime with the German
energy mix. This result in CO2 emission ranges from 11% to 28% more than the modern Diesel E6d
Temp engines. In addition, a life cycle analysis of the full electrification of road transport shows that
the gaseous emissions would only be relocated from cities to the surroundings of large thermal power
plants and manufacturing centers, as pointed out by Messagie [16]. Unfortunately, global warming
cannot be relocated and atmospheric phenomena do not know the boundaries, as acid rain and clouds
of particulate material (PM 2.5) have repeatedly demonstrated, as shown in Figure 3 [17]. In summary,
for the combination of a massive electrification of road transport and the current global energy mix,
the maximum benefit is a relocation of the emitted CO2. As no substantial changes are anticipated in
the current electric mix until 2030, the electrification of transport as a clear solution to the problem of
climate change should be postponed [17].
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Figure 3. European PM2.5 levels. From [17].

The second problem with electric vehicles comes from the need of electricity storage. In a simple
basic way, electricity must be generated as it is consumed. Of course, one can resort to batteries as
the electricity storage solution although not in a significant amount for road transport applications.
Like the ICE, batteries are an old well-known concept. In addition, batteries also involve harmful
chemical compounds. Despite progressive improvements, batteries are a totally immature technology
in the range of power and energy required for most road transport applications, where there is no
competitor against successfully flexible liquid fuels [18]. There are four challenges that the development
of batteries must deal with:

The charging time of the battery is unacceptably long for many users [19].
The energy density is unacceptably low with real autonomies below 250 km in compact
vehicles [20] and around 300 km in sport urban vehicles (SUVs) [21].
The lifetime of the batteries is limited and less than the vehicle life. Several studies [22,23] show
this fact and discuss the risks and costs associated with their recycling or disposal in a proper way.
The supply of raw materials for manufacturing such as nickel, lithium, cobalt, copper, and
manganese among others is an emergent obstacle as they are reaching high prices quickly and
gaining in importance on geopolitical strategies. According to Sarah Maryssael, global manager
of metal supplies for Tesla [24], the main problem is currently the supply of cobalt, which is
necessary for the cathode of lithium-ion batteries; a Tesla Model X needs 7 kg per vehicle and a
Tesla Model 3 about 4.5 kg [25]. This mineral is extracted mainly from the Democratic Republic
of Congo, where human rights are violated through child labor and mines stand out by their
poor safety conditions, among others [26]. Then, cobalt reaches the international markets and its
origin is diluted due to the low traceability of the production chain. Finally, it is fundamentally
processed in China, what exemplifies the potential of this technology for further economic stress
and uncertainties. What would be the cost of these materials refined in western countries with
EU security, environmental, and health standards? It would probably be exorbitant.
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3. What Can the New Generation of ICE Provide?

Limitations to greenhouse gases (CO2), gaseous pollutants, and noise emissions will be
increasingly severe, forcing the automotive industry to invest in more innovative technologies for their
reduction [10,27–30]. Real driving emissions tests are being adopted in the major global economic zones
as this strategy expands the ICE operational range in which the pollutant emissions must be kept below
the approval limits [31–33]. A revolution is approaching with respect to traditional gasoline and diesel
engines making the boundaries between them disappear as deeper knowledge and greater control of
the combustion process is acquired [34]. Advanced injection systems [35,36], turbochargers [37,38],
organic Rankine cycles (ORC) [39], hybridization [40,41], multifuel solutions [42–44], or advanced
combustion concepts are becoming a part of the ICE context. All these strategies are dedicated to
extract every Joule of energy from the fuel. The research on aftertreatment systems based on monolithic
reactors offers interesting possibilities to effectively clean the exhaust gases to incredible limits [45].
Nowadays, the automotive industry does not find anything too innovative or risky to meet the expected,
medium-term demand for cleaner and more efficient ICE. Finally, fossil fuels are cheap and available.
Oil depletion is no longer a topic of discussion as fracking technology has offered a new paradigm,
leading the USA to the largest producer of fossil fuels in the world [12].

4. What Is Improving the Expectations in the New-Generation ICE?

ICE emits particulate matter, gaseous pollutants, and CO2 locally. This is accepted as it is accepted
that electric cars do not. Assuming both particulars are great arguments for the replacement of ICEs,
what would happen if the situation were somehow the opposite? In a life cycle analysis, neither the
production of the batteries nor the production of electricity is free of CO2 emissions and pollutants [15].
The generation of electricity causes CO2 emissions much greater than the synthesis of liquid fossil
fuels, as shown in Figure 2, as it is an energy vector more difficult to obtain and transport. It can be
similarly stated that the manufacturing of ICE generates CO2 emissions, although less than in the case
of batteries and electric motors [46,47], as also shown in Figure 2.

What can ICE do to increase air quality? We can affirm that modern Euro 6d Temp Diesel engines
can clean the air from particulate and smog in heavily polluted areas, such as the situations referred in
China [48]. The particulate filters of modern internal combustion engines reduce the level of PM10
below the mean atmospheric value, as shown in Figure 4 [49]. If one combines data in Figures 3 and 4,
the advantages of ICE with particulate filters in countries such as Poland, where almost 50% of their
energy mix depends exclusively on coal [12], are evident.

The technology is available, and the research is driven to allow the next generation of ICEs to
act as air pollutant cleaners in large cities, whose source of pollution is not only road traffic of old
ICEs. This is something that electric motors with batteries cannot do. The new Diesel Euro 6d Temp is
emitting 80% less NOx than stipulated by the standard. This means that they are cleaning the air of
emissions coming from other sources [50]. Effective energy policies are needed to renew transport
fleets around the world, as justified in [51] for the Europe case, and promote in all countries the same
emission standards for ICE as in the United States, Japan, or Europe. The discussion should not focus
on the type of technology but on having in the streets the most modern versions of it.

Another important fact concerning ICEs is that the contribution of transport to global emissions of
GWPs (Global Warming Potential) has historically remained at 11%. As shown in Figure 5 elaborated
from the United Nations Food and Agriculture Organization (FAO) data [52], industry, agriculture,
resource extraction, waste processing, and residential and commercial consumption do the rest.
Therefore, a worldwide massive change to electric vehicles would mean a potential worldwide
reduction of 11% of the equivalent tons of CO2 that is emitted under the assumption of using fully
CO2-free energy sources for the BEVs batteries charge.
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Figure 4. Diesel internal combustion engine (ICE) equipped with particulate filters as air cleaners in
urban areas [49].

Figure 5. Breakdown of total greenhouse gas emissions by sector, measured in tons of carbon-dioxide
equivalents [52].

However, only 10% of world energy consumption is free of CO2 [12], which means that in best of
cases, the reduction would be 10% of 11%. Even the previously calculated 1.1% is not fully reachable
in a life cycle analysis, as shown in Figure 2. In the very long term, it can be argued that electric cars
will substantially lower their CO2 emissions if electricity comes exclusively from renewable or nuclear
sources. As can be seen in Figure 6, despite the large dispersion of data in the sources [13,15,16,18],
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this scenario is far from being fulfilled today in most of the European Union countries. Considering
countries like Germany or Spain with around 35% of renewable sources in the mix, the average
equivalent CO2 emissions are slightly better than 2019 Diesels E6d Temp. If we make an extrapolation
to the future, in the central scenario, we would need to increase the mix of renewables by over 60% to
have the same competitive advantage over combustion technologies based on compression ignition
(CI) in CO2 emissions [15,18]. Even if we reach 100% renewable, electric vehicles would never have
zero CO2-equivalent emissions if one considers the life cycle and not only local use.

Figure 6. Equivalent life-cycle CO2 emissions of electric vehicles as a function of the percentage of
renewables in the electric energy production mix. Comparison with compression ignition (CI) or diesel
engines. Elaborated from the references of this publication.

If one imagines that 60% of renewable sources in the energy mix were the medium-long term
standard, could the ICE do so well? The answer is yes and even better if we use synthetic fuels
from the capture and use of atmospheric CO2 (CCU) [53]. There are already several R&D projects in
Switzerland, Germany, and Canada focused on CCU. These are systems capable of transforming CO2

taken directly from the air into liquid fuels called ‘PtX fuels’ (e-fuels, including e-Diesel). This is done
by hydrogenation of CO2 using H2 produced by electrolysis from renewable sources [54]. There are
also projects to pump the captured CO2 from the power plants to the oil wells and subsequently
convert it into neutral oil from the CO2 point of view. Other studies approach CO2-capturing vehicles,
both its own CO2 emission and atmospheric CO2, to generate CO2 neutral fuel on board [55]. That way,
the self-CCU could even contribute to a reduction in atmospheric CO2. If the fuels used in these CO2

capture cars were mostly biofuels [56], as is the case in Brazil, this would represent an efficient way
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to remove CO2 from the atmosphere. However, the development of this technology is subject to the
efficient recovery of exhaust gas energy from ICEs [57]. In conclusion, if a paradigm change is required,
then vehicles acting as CO2 captors to create a CO2 circular economy may arise as the most efficient
solution. They would eliminate the other 90% of CO2 that transport is not producing [57]. This is an
opportunity that BEVs cannot offer.

Public funding and government efforts should promote research to reduce polluting emissions,
rather than to choose winners for an uncertain future. Direct subsidies to any industry or technology
and the banning of others, without enough scientifically proved arguments, is the type of risk exercise
that has never been successful. It seems that the European authorities have finally begun to listen to
scientists and engineers, which are claiming for the cleaning potential of cities air contamination by the
last-generation ICEs depollution systems [58,59], and that explain the facts of the situation [60–62].
The German Bundestag in May 2019 proposed that Euro 6d Temp diesel engines cannot be banned
in German cities, not even the Euro 4 and Euro 5 when they emit less than 270 mgNOx/km (retrofit)
that is pending being certified by the German Supreme Court [63]. In France, it is being studied to
give the maximum environmental rating to Euro 6d Temp Diesel engines after finding that they are as
much or cleaner than gasoline engines [64]. In general, promoting research activities of any technology,
regardless of the field of research, has always provided great benefits for future generations, and has
usually been the cheapest path for the society to progress.

Conflicts of Interest: The authors declare no conflict of interest.
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Abstract: This research introduces a method to model the operation of internal combustion engines
in order to analyze the forces on the rod, crankshaft, and piston of the test engine. To complete this
research, an experiment was conducted to measure the in-cylinder pressure profile. In addition,
this research also modelled the friction forces caused by the piston and piston-ring movements inside
the cylinder for calculating the net forces experienced by the test engine. The results showed that the
net forces change according to the crank angle and reach a maximum value near the top dead center.
Consequently, we needed to concentrate on analyzing the stress of the crankshaft, rod, and piston at
these positions. The research results are the foundation for optimizing the design of these components
and provide a method for extending the operating lifetime of internal combustion engines in real
operating experiments.

Keywords: internal combustion engine; mechanical stress; fine element method; friction force;
in-cylinder pressure

1. Introduction

In the operation of internal combustion engines, the rod, crankshaft, and piston play crucial
roles as they are considered the heart of engines. However, these components always operate in
critical operating conditions, such as under very high thermal and mechanical stresses [1–5]. However,
defining these loads is difficult due to complications in the constructive and operating characteristics
of these above-mentioned parts. Consequently, classical methods have been used. In most cases,
a highly simplified representation of geometric shape and load are used for analysis. As a result, the
operating characteristics of the internal combustion engines cannot be correctly obtained. The finite
element method (FEA) is a good solution to solve these problems. The biggest advantage of the FEA is
the simplicity of its basic concepts. Users must learn and correctly understand these concepts, since
they include certain hypotheses, simplifications, and generalizations [6,7]. To calculate objects, users
have to model objects so that they align with real subjects. A model includes lines, planes, or curved
surfaces and volumes created in a three-dimensional (3D) computer-aided design (CAD) environment.
In this stage of development, the model is continuous with an infinite number of points, as the real
pieces are analyzed. The main goal of the finite element method is to obtain the finite element mesh,
transforming the continuous structure into a discrete model with a finite number of points. Using the
finite element method (FEM), users can combine design, simulation, element mesh, and structure
analysis. Therefore, users can easily and quickly apply this tool [8,9].

For example, Webster et al. [10] conducted a 3D analysis based on the FEA method to calculate
the mechanical stress of a diesel engine connecting rod. They conducted an experiment to measure
the maximum compressive load and the load distribution on the piston and crankshaft. However,
the connecting rod caps and bolt pretension were modelled based on the FEM method and multi-point
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constraint equations. In another study [11], the 3D model of a passenger car’s crankshaft was built
using CATIA V5 software (Dassault Systèmes, Vélizy-Villacoublay, France) and transferred to ANSYS
software (ANSYS, Inc., Cecil Township, PA, USA) for stress analysis to provide a conceptual method
for optimizing the design using weight reduction. However, this research did not fully mention the
net force on the piston, such as the friction forces or the role of gravity. In addition, this study only
analyzed a single crankpin and ignored the interaction between other components. Lucjan et al. also
performed a failure analysis of the crankshaft of a diesel engine in the experiment by observing the
fatigue failure and determined the operational stress of the crankshaft at maximum engine power.
They stated that the maximum tensile stress value reached 112.44 MPa around the fillet area of the
crankpin at a crankshaft position of 10◦ at top dead center (TDC). However, this critical region stress
only accounts for about 25% of the yield stress of the crankshaft material [12].

Normally, the maximum stresses on the components are designed to be significantly smaller than
the yield stress; however, in real operation, some critical conditions occur, such as the overload of
the engine or the failure of the lubricant system resulting in the destruction of engine parts. Notably,
some engines may be modified from the original design to adapt to operation demands. For instance,
in a previous study [13], an old model diesel engine was modified by retrofitting a turbocharger to
enhance its performance. However, as mentioned in prior studies [13,14], the thermal and mechanical
stresses of engines after turbocharging dramatically increased. Thus, evaluating the stress increase is
necessary to find a solution for the stable and longtime operation of these engines.

In this research, we present a method to calculate the mechanical stress on some major components
of the test engine based on the modeling of the test engine combining the FEM method with
experimental data. The main objective of this study was to determine the stress state in the crankshaft,
rod, and piston during operation. Furthermore, we aimed to explain the reasons for the failure of these
components to determine a solution to extend their operating lifetime.

2. Experimental Procedure to Measure In-Cylinder Pressure

The test engine was a four-cylinder diesel engine with a maximum power of 110 kW after
turbocharging. The engine characteristics are described in our previous paper [13]. The testing
equipment used for measuring the in-cylinder pressure included a chassis dynamometer,
a fuel-consumption measurement device, and a pressure measurement system. All these devices were
connected to a server computer using dedicated software. In this research, the in-cylinder pressure
was measured at the maximum power conditions. This means that the test engine was controlled to
reach maximum power, and thus the in-cylinder was recorded by a pressure sensor installed in the
head cylinder. The chassis dynamometer contained an absorption unit to measure the torque and
rotational speed. The engine power and engine speed could be varied and measured in the range of 0
to 220 kW and 0 to 4500 rpm, respectively. The dynamometer was controlled using an installed PUMA
computer (AVL, Graz, Austria) that receives signals from sensors equipped on the dynamometer and
the test engine. In addition, to ensure the accuracy of the experimental test, we used other equipment,
such as an external cooling system, named AVL 533 (AVL, Graz, Austria) that permits continuous
temperature control. The quantity of fuel consumed by the engine was measured by fuel-consumption
measurement equipment, called Fuel Balance AVL 733S (AVL, Graz, Austria), using the gravimetrical
method. The AVL Fuel Balance system allows for high-precision fuel-consumption measurement even
at low consumption and for a short measurement period. The recommended measuring range of the
equipment is up to 150 kg/h with an accuracy of 0.12%. Figure 1 shows the test engine installed in the
test room for the experimental process.
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Figure 1. Schematic of the experimental procedure.

3. Kinetics and Dynamics of the Test Engine

A simple model of an internal combustion engine consisting of a piston located in a cylinder
that is connected to the crankshaft via the rod and simplified to move in a plane is shown in Figure 2,
with symbols AB = l (rod length), AR = jl (centre gravity of connecting rod from crankpin center),
OA = r (crankshaft length), and OC = h (crankshaft mass centre from main bearing centre).

A 

O 

B Y 

X 

C 

 

 
 

R 

Figure 2. The simple model of piston, crankshaft, and transmission rod.

The pressure p exerts a force on the piston m1 to create movement along the axis of the transmission
cylinder to the transfer bar m2 of the parallel plane, causing the crankshaft m3 to rotate around the
center O. m1 is the mass of the piston, m2 is the mass of the rod, m3 is the mass of the crankshaft, l2 is
the length of the rod, l3 is the crankshaft length, p is the pressure on the piston surface, θ is the angle
between the crankshaft and the vertical axis, and φ is the angle between the rod and the vertical axis
(Figure 2).
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3.1. In-Cylinder Pressure and Friction Force Calculation

During the operation of internal combustion engines, combustion is an irreversible process that
uses the reactions of fuel with an oxidizer to convert chemical energy into sensible energy, which
also works to form products. In practice, carbon dioxide (CO2), nitrogen, and water are the main
products of the combustion process. However, other species, including nitric oxide, nitrogen oxide,
carbon monoxide, hydrocarbon, and particulate matter, are also common products. The liquid state
determination at each point in the process requires a detailed understanding of the intermediate
reactions that change the original mixture into the final combustion products. However, in all cases,
we can use the first law of thermodynamics to determine the correlation between the beginning and
end of a combustion process.

The application of this law does not require users to know the development of the intermediate
stages of the process. The first law of thermodynamics expresses the relationship between the variation
of the internal energy (or enthalpy) and that of heat and work. When applying this law to a system
where the chemical composition changes, we need to determine the zero state of the internal energy or
enthalpy of all the substances in the system.

In specific cases, the calculation of combustion in internal combustion engines is based on the
equation of the first law of thermodynamics:

d(mcu)
dα

= −pc
dV
dα

+
dQF
dα

− ∑
dQw

dα
− hBB

dmBB
dα

, (1)

where d(mcu)
dα is the change in internal energy inside the cylinder, −pc

dV
dα is the work cycle, dQF

dα is the
heat input, ∑ dQw

dα is the heat loss through the wall, hBB
dmBB

dα is the enthalpy loss due to gas leakage,
mc is the volume of the liquid inside the cylinder, u is the internal energy, pc is the pressure inside the
cylinder, V is the cylinder volume, QF is the heat of the fuel supply, QW is the heat loss to the wall, α is
the angle of the crankshaft rotation, hBB is the enthalpy value, and dmBB

dα is the variation in volumetric
flow rate.

Equation (1) applies to both internal and external composite engines. However, the changes in the
composition of the two cases are different. In the case of the formation of a mixture inside a cylinder,
if we assume that the fuel in the cylinder is burned immediately, the combustion mixture is immediately
blended with the residual gas in the cylinder. The air-fuel ratio (A/F) decreases continuously from a
high value at the starting point to a low value at the end of the combustion. After the transformation,
Equation (1) becomes:

dTc
dα = 1

mc .
(
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∂T +

∂u
∂p . pc

Tc

)[ dQF
dα

(
1 − uc+
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∂p pc

Hu

)
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dα − dmBB
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.
(

hBB − uc − pc
∂u
∂p

)
− mc

∂u
∂λ

∂λ
∂α − pc

dVc
dα

(
1 − ∂u

∂p
mc
Vc

)] , (2)

where Tc is the cylinder temperature, mc is the volume of the fluid in the cylinder, pc is the pressure in
the cylinder, uc is the specific internal energy of the volume of liquid inside the cylinder, Hc is the low
calorific value, λ is the air residue ratio (1/Φ), α is the equivalent ratio, and Vc is the cylinder volume.

The solution of the above equation depends on the combustion model, the laws of exothermic
reactions, and the heat transfer through the cylinder wall, as well as the pressure, temperature,
and composition of the gas mixture together with the equation of the state:

pc =
1
V

mcRcTc (3)

Establishing the relationship between pressure, temperature, and density from Equation (3),
we used the Runge–Kutta method to determine the temperature of the cylinder. The pressure will
then be determined by the state equation. Figure 3 shows the in-cylinder pressure profile using the

15



Appl. Sci. 2018, 8, 761

experimental and numerical methods. The in-cylinder pressure always changes according to the
crankshaft angle. The in-cylinder pressure is nominal at the intake and exhaust strokes; however,
it increases dramatically during the compression and power strokes. It reaches a very high value at
the position near the top dead center. From there, we determined the force PT = pc A caused by the
pressure applied to the top of the piston.
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Figure 3. The in-cylinder pressure profile using the experimental and numerical methods.

In addition, the crankcase pressure generated by oil pressure on the underside is normally
determined in the experiment. This force is very small compared to the total force exerted on the top of
the piston. Consequently, it was ignored in this research. Furthermore, the friction force (Ffr) exerted
on the piston needed to be determined in this calculated case. Ffr includes the piston-ring friction (Fr)
and the friction from the piston surface and cylinder (μpS). The total friction force can be calculated
according to Equation (4) [15,16].

Ff r = μpS + Fr = μpS + μr2πD3rE
(

1 − D3 − d4

4r

)√
1 − (D3 − d4)

2

16r2 (4)

where μr is the friction coefficient of the contact surface between the ring and cylinder, D3 is the
diameter of the cylinder, d4 is the diameter of the ram, r is the width of the cross-section of the cylinder
element, E is the elastic coefficient of the spring materials, S is the force resulting from the contact
between the piston and the cylinder, and μp is the corresponding friction coefficient.

The sliding friction is dramatically reduced by adding a lubricant between the contact surfaces.
In addition, in the operation of an internal combustion engine, the piston ring operates from the
hydrodynamic lubrication to the boundary lubrication depending on the crankshaft angle, viscosity,
and load. This phenomenon can be described by Stribeck’s equation [17]. In this research, the friction
coefficient μr was determined using Stribeck’s equation as described in Equation (5):

μr = c
(

ηv
pw

)x
(5)

where c is constant, h is the dynamic viscosity, v is the piston speed, p is the pressure exerted on the
piston ring, w is the width of the ring, and x is the exponent varying from 0.33 to 0.66. Therefore,
we calculated the total friction force based on the number and parameter characteristics of the test
engine. The inertia force caused by the movement of the piston and rod was also dramatically affected
by the piston; it will be described in the following sections.
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3.2. Kinetics and Dynamics of the Piston Mechanism

According to [18], assuming the displacement of the piston in the horizontal direction is trivial,
applying the sine theorem in the OAB triangle (Figure 2), we have:

l2
sin θ

=
r

sin φ
⇒ sin φ =

r
l

sin θ. (6)

If we derive the above expression, we have:

− .
φ cos φ = − r

l2

.
θ cos θ ⇒ .

φ =
r

.
θ cos θ

l2 cos φ
. (7)

The z displacement of the piston in the vertical direction is defined by:

z = r cos θ + l2 cos φ. (8)

We can infer that the velocity of the piston in the vertical direction is determined by Equation (8)
and the acceleration of the piston in the vertical direction can be calculated with Equation (9).

.
z = −r

.
θ sin θ − l2

.
φ sin φ, (9)

..
z = −

(
r

..
θ sin θ + r

.
θ

2
cos θ

)
−
(

l2
..
φ sin φ + l2

.
φ

2
cos φ

)
, (10)

The piston moves only along the cylinder, and thus the acceleration in the horizontal and vertical
directions across the piston are determined in Equations (10) and (11), respectively.

aPX = 0, (11)

aPY =
..
z =

.
θ

2
(
(r cos θ)2

l cos3 φ
− r cos θ − r sin θ tan φ

)
+

..
θ(r cos θ tan φ − r sin θ), (12)

The cylinder has actually become elliptical due to the rotation of the piston about the wrist pin
when the piston moves toward the bottom dead center. In addition, the high temperature during the
operation process also affects the deformation of the piston and cylinder. Consequently, the forces
exerted on the piston are not symmetric in the x direction. However, in this research, we assumed that
the forces exerted on the piston were symmetric in the x direction. Therefore, the forces acting on the
piston include Q(t), the total external force acting on the piston, mP.g, the force of gravity, and FBX, FBY,
the link reaction forces in the x and y directions, respectively [17,19], as described in Figure 4.

Figure 4. The modelled forces on the piston.
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Since the piston does not move in the x direction, the total force acting on x is zero, inferring that:

∑ FX =FBX − S = 0 ⇒ FBX = S. (13)

The total force acting in the y direction is:

∑ FY = FBY − mPg − Q(t) = mPaPY, (14)

where Q(t) is the total external force acting on the piston, including the force acting on the piston
(PT), the friction caused by the impacts on the cylinder wall (Fr), friction from the piston surface and
cylinder (μpS), the force caused by pressure acting on the piston bottom (PB is crankcase pressure),
and the inertia force mPaPY.

From Equation (13), we infer that the reaction force on the piston in the y direction is:

FBY = mPg + Q(t) + mPaPY, (15)

in which:
Q(t) = PT + Fr ± μpS + PB. (16)

Note that the sign of μpS depends on the direction of piston movements. Thus, we obtained a
graph illustrating the total force on the pistons of the test engine, as shown in Figure 5.
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Figure 5. The total forces on the pistons in the test engine.

3.3. Kinetics and Dynamics of the Rod Mechanism

The acceleration of the transmission rod at the center is determined by the acceleration of the
head of the rod connected to the piston. In the horizontal and vertical direction, we have:

aRX =
.
θ

2
(1 − j)r sin θ −

..
θ(1 − j)r cos θ, (17)

aRY =
.
θ

2
[

j
(r cos θ)2

l2 cos3 φ
− r cos θ − jr sin θ tan φ

]
+

..
θ(jr cos θ tan φ − r sin θ). (18)

The total forces on the rod are as follows:

18



Appl. Sci. 2018, 8, 761

The forces acting on the rod include the gravity force at the center of the rod and the link reaction
forces at the two ends of the rod as described in Figure 6. From this, we can identify the following.

Figure 6. The model of forces on the rod.

(1) Total force in the x direction:

∑ FX = FAX − FBX = mRaRX , (19)

(2) Total force in the y direction:

∑ FY = FAY − FBY − mRg = mRaRY, (20)

(3) Total torque on the axis passing through the center R:

∑ MR = IR
..
φR, (21)

− FBX(1 − j)l cos φ − FBY(1 − j)l sin φ − FAX jl cos φ − FAY jl sin φ = IR
..
φR. (22)

3.4. Kinetics and Dynamics of the Crankshaft

The crankshaft converts the up and down movements of the pistons into rotary motion and drives
the external drive. The crankshaft is connected to the pistons via the transmission rods.

Similar to the determination of the rod acceleration, we can determine the crankshaft acceleration
at the center using the acceleration at the common point between the transmission rod and the
crankshaft

→
a C =

→
a A +

→
a C/A and project it in the horizontal and vertical directions:

aCX = −
.
θ

2
hr sin θ +

..
θhr cos θ, (23)

aCY =
.
θ

2
hr cos θ +

..
θhr sin θ. (24)

The total force acting on the crankshaft is illustrated in Figure 7.

Figure 7. The forces acting on the crankshaft.
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The total force in x direction is:

∑ FX = FOX − FAX = mCaCX , (25)

The total force acting in the y direction is:

∑ FY = FOY − FAY − mCg = mCaCY, (26)

The total torque around crankshaft is:

∑ MC = IC
..
θC, (27)

T + FAX(1 + h)r cos θ + FAY(1 + h)r sin θ − FOXhr cos θ − FOYhr sin θ = IC
..
θC. (28)

Combining these above equations, we have:

S = −r
..
θ

[
IR cos θ

(l cos φ)2 + mP tan φ(cos θ tan φ − sin θ) + jmR

(
j cos θ

cos2 φ
− sin θ tan φ − cos θ

)]
−

−r
.
θ

2
[ IR
(l cos φ)2

(
r cos2 θ tan φ

l cos φ − sin θ
)
+ mP tan φ

(
r cos2 θ
l cos3 φ

− sin θ tan φ − cos θ
)
+

+jmR

(
jr cos2 θ tan φ

l cos3 φ
− cos θ tan φ + sin θ − j sin θ

cos2 φ

)
]− g tan φ(mP + jmR)− Q(t) tan φ

. (29)

Substituting the known forces in Equation (8), we can obtain the torque acting on the crankshaft:

T = IC
..
θ + mCaCXhr cos θ − mRaRXr cos θ + mCaCYhr sin θ − mRaRYr sin θ − mPaPYr sin θ+

+mChgr sin θ − mRgr sin θ − mPgr sin θ − Q(t)r sin θ − Sr cos θ
. (30)

Substituting the known accelerations into the above equation, we have:

T =
..
θ I(θ) +

1
2

.
θ

2
I′(θ) + g(θ) + Q(t, θ), (31)

where I(θ) is the inertia function, defined by:

I(θ) = IC + mCh2r2 + IR

(
r cos θ
l cos φ

)2
+ mPr2(cos θ tan φ − sin θ)2+

+mRr2
[
(1 − j)2 cos2 θ + (j cos θ tan φ − sin θ)2

] , (32)

where I’(θ) is the rate of the inertial variable based on the rotational angle θ of the crankshaft
determined by:

I′(θ) = 2IR

(
r cos θ
I cos φ

)2( r cos θ
l cos φ tan φ − tan θ

)
+

+2mPr2(cos θ tan φ − sin θ)
(

r cos2 θ
l cos3 φ

− cos θ − sin θ tan φ
)
−

−2mRr2(1 − j)2 sin θ cos θ + 2mRr2(j cos θ tan φ − sin θ)
(

jr cos2 θ

l cos3 φ
− cos θ − j sin θ tan φ

) , (33)

where g(θ) is the gravitational torque, determined by:

g(θ) = gr[mP(cos θ tan φ − sin θ) + mR(j cos θ tan φ − sin θ) + mCh sin θ], (34)

and Q(t,θ) is the momentum or torque determined by the general load Q(t) acting on the piston,
determined by:

Q(t, θ) = Q(t)r(cos θ tan φ − sin θ). (35)
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With the input pressure as mentioned in Figure 3 acting on the top of the piston, corresponding to
the engine speed of 2200 rpm, and using a firing order of 1–3–4–2, we can determine the average load
moment on the crankshaft over the entire cycle as follows:

Ttb =

4π∫
θ=0

T(θ)dθ = 308.5534201 (Nm). (36)

Figure 8a shows the torque acting on the four crankpins of the crankshaft. The maximum torque
on each crankpin occurs when the crankshaft is positioned in the range of 360◦ to 370◦, immediately
after the top dead center. The main torque exerted on the crankpins is the in-cylinder pressure; however,
the friction and inertia force also dramatically contribute to the total force varying according to the
crankshaft angle. For instance, at the crankshaft angle of 363◦, the total torque exerted on crankpin 1
reaches a maximum value of 6203 Nm. Meanwhile, the inertia force and the friction force contribute
to approximately 8.9% and 4.6% of the total torque, respectively. Figure 8b shows the torque acting
on the main journals of the crankshaft. They also vary depending on the crankshaft angle. However,
the torque of each main journal is dramatically different from one other since it is calculated based on
the different torque directions acting on the adjacent crankpins.

Figure 8. The forces acting on the crankpins and the crank journal of the crankshaft. (a) the torque
acting on the crankpins ; (b) the torque acting on the crank journal.
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4. Conclusions

This research shows an experimental and numerical method to calculate the net forces on the
components of an internal combustion engine, including the piston, rod, and crankshaft. The forces
reach a maximum value near the top dead center. The force caused by the in-cylinder pressure is the
main force affecting the test engine components; however, the friction and inertia also significantly
affect these components. These forces strictly depend on the engine speed and the geometrical
parameters of these components.

Future research will focus on modeling the thermal dynamic and heat transfer phenomena of the
engine to fully evaluate the effect of the deformation of the engine components on the friction forces.
In addition, a stress analysis of the piston, rod, and crankshaft will also be conducted to extend the
operational lifespan of the engine.
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Abstract: Duct junctions play a major role in the operation and design of most piping systems.
The objective of this paper is to establish the potential of a staggered mesh finite volume model as a
way to improve the description of the effect of simple duct junctions on an otherwise one-dimensional
flow system, such as the intake or exhaust of an internal combustion engine. Specific experiments
have been performed in which different junctions have been characterized as a multi-port, and that
have provided precise and reliable results on the propagation of pressure pulses across junctions.
The results obtained have been compared to simulations performed with a staggered mesh finite
volume method with different flux limiters and different meshes and, as a reference, have also been
compared with the results of a more conventional pressure loss-based model. The results indicate
that the staggered mesh finite volume model provides a closer description of wave dynamics, even if
further work is needed to establish the optimal calculation settings.

Keywords: duct junction; staggered mesh finite volume model; multi-port

1. Introduction

Duct junctions are essential elements of numerous piping systems, including the intake and
exhaust systems of reciprocating internal combustion engines. The use of one-dimensional time
domain gas-dynamic codes has become commonplace in the numerical study of unsteady flows in
such systems, both in terms of their effect on engine performance and on intake and exhaust orifice
noise [1]. While assuming one-dimensional wave action may be acceptable when duct diameters
are relatively small, as is the case in the majority of the ducts present in engine intake and exhaust
systems of passenger car engines, in certain elements, and most notably in duct junctions, complex
three-dimensional flow structures may occur [2]. Consideration of the effects of such structures on the
one-dimensional flow in the adjacent ducts requires the definition of suitable boundary conditions at
the junction, usually involving empirical information.

The effects of a junction on the flow in the neighboring ducts arise in different ways. From the
point of view of the passive propagation of small amplitude pressure waves (i.e., in the acoustic range)
the effect can be characterized in terms of length corrections, which have been reported to depend on
the type of side-branch and the branch width and length [3], and with a rapid increase in the duct
length corrections being associated with the excitation of non-planar higher order modes, which also
results in lower sound transmission. This sort of representation has been quite successfully applied to
the prediction of the effect on intake noise of a multi-pipe junction in the intake manifold [4]. It has also
been reported [5] that for low Strouhal numbers based on the duct diameter, the acoustic transmission
properties of T-junctions can be acceptably described by using an incompressible quasi-steady model,
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the upper limit of the Strouhal number being defined by flow-acoustic interaction effects, which differ
significantly between different flow configurations: waves incident on the junction at the downstream
side are attenuated, whereas waves incident at the other branches may be either amplified or attenuated,
depending on the Strouhal number [6]. Such flow-acoustic interactions due to the coupling of the flow
and the geometry are common to all intake and exhaust system elements [7].

When the focus is on the effect of the junction on the propagation of finite amplitude pressure
waves and the resulting influence on engine performance, different approaches are found in the
literature, most of them inspired by the seminal work of Benson [8]. The simplest approach is given by
constant pressure models, in which is it assumed that the pressure at the end of all branches of the
junction is the same at any time, so that the pressure is assumed to be uniform across the junction. The
most comprehensive description of these models is given in [9], where it was shown that, besides the
assumption of uniform pressure, additional closing equations must be added. While the choice of
those equations is arbitrary, it was also shown in [9] that assuming that the total enthalpy for all the
outgoing flows is the same provides suitable results.

More elaborated approaches are based on the consideration of the pressure differences existing
between the different branches, which are incorporated in a quasi-steady manner, i.e., steady pressure
loss coefficients (or more properly, as discussed in detail in [10], energy change coefficients accounting
partly for losses and partly to a mutual energy transfer between the partial flows) are applied at each
time step. The solutions proposed differ mainly in the origin of the pressure loss coefficients, in the
hypotheses underlying their determination, and in the precise implementation of the solution method.

Regarding the origin of the coefficients, while there have been some attempts to obtain them
from computational fluid dynamics (CFD) simulations [11–13], it appears that the results are strongly
dependent on the numerical method used, both in the details of the flow and in the overall values
of the coefficients obtained [14]. Therefore, usually the coefficients are either obtained from simple
and robust models, or specific measurements are performed in order to characterize the junction
under consideration. The most successful example of the first option is probably that presented in [15],
where a remarkable agreement with experimental results was obtained from a model that extended the
previous work performed in [16] and neglected any effects of mixing losses, compressibility and wall
friction. Regarding the experimental characterization, it is usual to consider steady incompressible
flow, as in [17], but more recently, specific studies accounting for the flow compressibility have been
reported [18,19] that suggest that the total pressure loss coefficient is mainly dependent on the Mach
number, mass flow rate ratio, and area ratio, and is almost independent of the Reynolds number.

Numerous implementations of the pressure loss model for multi-pipe junctions have been
proposed in the literature, comprising implicit time formulations [20] and different explicit
solutions, such as the supplier–collector strategy [21], the branch superposition method [22] and the
generalization of the classical approach of Benson presented in [23]. The limitations of these approaches
lie mainly in the fact that, even if steady flow coefficients contain information on three-dimensional
separation effects around the junction, the results will be significant only if quasi-steady flow can
be assumed, which requires that mass and energy storage at the junction are very small, which may
not be the case in real manifold flows. Additionally, any information regarding the wave refraction
characteristics of the junction is lost in the quasi-steady approximation.

Overcoming these limitations requires accounting for the unsteady and multi-dimensional
character of the flow at the junction, but without incurring in an excessive computational cost.
A suitable solution is thus to include a local multi-dimensional region within an otherwise
one-dimensional wave-action engine simulation, as first suggested in [24]. In this first approach,
an inviscid two-dimensional model was applied to the simulation of shock-wave propagation through
different junctions, and the observed evolution of the wave fronts through the junctions and the
measured high frequency pressure oscillations induced by the transverse reflections were successfully
predicted. However, even if the increase in the computational cost was reasonable, it did not appear to
be justified when compared with a conventional quasi-steady pressure loss model [25].
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It appears, thus, that a full three-dimensional description of the junction should be used in order
to describe its unsteady behavior. Such a description was presented in [26,27], successfully reproducing
the flow field and the associated non-plane-wave motion. However, even if coarse 3D grids were
used in the first simulation cycles that were switched to more refined grids during the last simulation
cycles, the computational cost and time may still be regarded as excessive for the practical design and
evaluation of full intake and exhaust systems.

A possible alternative to 1D–3D coupling, which could provide some accountancy for the
three-dimensional effects at the junction and to the authors’ knowledge has not been explored in
some detail, would be the use in this context of a staggered mesh finite volume method [28]. Such
methods have become standard in commercial codes, either as the core solver [29,30], or used locally
for elements exhibiting significant three-dimensional features, such as plenums and mufflers [31].
Typically, when these methods are applied to simple duct junctions, a single volume is used for the
junction with appropriate effective areas and characteristic lengths at each connection with the adjacent
ducts. As these connections contain information on vector quantities (including the orientation of the
branch duct) the momentum equation can be solved, even in an approximate way, so that all the effects
of the junction of the flow need not be included through the pressure loss coefficients. Additionally, it
would be possible to use a refined mesh locally at the junction, so that a first-order estimate of any
three-dimensional features could be obtained.

The objective of this paper is precisely to establish the potential of these ideas as a way to improve
the description of the effect of simple duct junctions on an otherwise one-dimensional flow system, as
the intake or exhaust of an internal combustion engine. Specific experiments have been performed
in order to obtain precise and reliable results on the propagation of pressure pulses across junctions.
The results obtained have been compared to simulations performed with different versions of a
staggered mesh finite volume method and different meshes and, as a reference, also with the results of
a more conventional pressure loss-based model.

2. Materials and Methods

Two junctions, shown schematically in Figure 1, were manufactured. A T-junction and a Y-junction
were considered, in order to allow the analysis of the effect of the angle of the side branch. An internal
diameter of 51 mm was used in all the branches of the junctions.

 

Figure 1. Junctions considered in the study.

While several formalisms may be used for the representation of the transient response of a system,
the most intuitive one for the present case of a junction is that based on the consideration of wave
components, so that the junction is actually regarded as a multi-port. In this framework, for a junction
such as that represented in Figure 2, one has three excitations and three responses, and writing the
relations between them directly in matrix form in the frequency domain, one has:⎡⎢⎣ B1

B2

B3

⎤⎥⎦ =

⎡⎢⎣ R1 T21 T31

T12 R2 T32

T13 T23 R3

⎤⎥⎦
⎡⎢⎣ A1

A2

A3

⎤⎥⎦. (1)

where, as indicated in Figure 2, Ai represents the wave component moving towards the junction in
port i and Bj represents the wave component moving away from the junction in port j. Regarding
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the matrix elements, Ri denotes the reflection coefficient as seen from port i whereas Tij denotes the
transmission coefficient between ports i and j. All these magnitudes are functions of the frequency f .

 

Figure 2. Wave components acting on a multi-port.

In this way, one has a reflection coefficient for each of the pipes arriving at the junction, and
transmission coefficients for all the possible transmission paths, indicated by the corresponding
subscripts. The experimental setup and the corresponding measurement procedure are described in
detail in [32,33], and here only a brief overview is given in Appendix A.

Two different modeling approaches were evaluated: a staggered mesh finite volume method and,
as a reference, a more conventional pressure loss-based model. The staggered mesh finite volume
method used is described in detail in [34], where a flux-corrected transport (FCT) technique was used
in order to suppress the spurious oscillations that these numerical methods exhibit in the vicinity of
discontinuities in the flow variables. It was found that satisfactory results were obtained through the
combination of dissipation via damping together with the phoenical form of the anti-diffusion term.
As an alternative, the momentum diffusion term described in [35] was also used. A brief summary is
given in Appendix B.

The pressure loss-based model uses a conventional one-dimensional finite volume model with a
collocated mesh, derived from the code available in [36]. The junction is modeled as a small volume
with three connections to which different pressure loss coefficients are assigned, and in which the
mass and energy conservation equations are solved. For the connection to the duct where the incident
pressure pulse propagates it has been assumed that the total pressure loss is zero, whereas for the other
two connections their corresponding pressure loss coefficients are computed following the expressions
given in [15,16]. The procedure is summarized in Appendix C.

3. Results and Discussion

In this section, first the experimental results obtained will be analyzed, both in the time (t) and
the frequency ( f ) domains. Then, the performance of the different modeling approaches will be
discussed, first in the case in which the junction itself is represented by a zero-dimensional element,
and secondly in the case in which the staggered mesh method is used to provide a quasi-3D description
of the junction.

3.1. Experimental Results

3.1.1. Time Domain Analysis

The results for the T-junction and shown in Figure 3. Ports are denoted as in Figure 1, and it
is apparent that when the junction is excited at port 1 the pulse transmitted through port 2 (i.e., in
the main propagation direction) has a higher amplitude than that transmitted through port 3 (the
branched duct), as could be intuitively expected. It is also apparent, and equally expectable, that when
the junction is excited at port 3, the pulses transmitted through ports 1 and 2 are very similar, the small
differences observed being attributable to manufacturing issues.

Differences in the reflected pulses recorded at ports 1 and 3 are also apparent, even if the incident
pulses do not have the same amplitude. The reflected pulse recorded at port 3 is noisier, and its
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amplitude is comparable to that of the reflected pulse recorded at port 1, while the corresponding
incident pulse has a lower amplitude. This indicates that reflection is more intense when the junction is
excited at the branch duct, as it is also intuitively reasonable in terms of the interaction of the incident
pulse with the wall of the main duct. Of course, none of these effects, regarding both transmission and
reflection, can be accounted for by a constant pressure model, and this is the reason why such a model
will not be considered in the subsequent discussion.

 

Figure 3. Experimental results for the T-junction in the time domain. (a) Excitation at port 1;
(b) excitation at port 3. Ports are denoted as in Figure 1.

The results for the Y-junction are shown in Figure 4. Here the trends observed confirm those
found for the T-junction regarding the difference between the main duct and the branch duct, but with
additional issues related with the branch angle. Comparison of Figure 4a,b indicates that the difference
in amplitude between the two pulses transmitted is more important when the branch direction is
against that of the incident pulse (i.e., when the junction is excited at port 2), in which case the results
are rather similar to those shown in Figure 3a for the T-junction. Regarding the reflected pulses
recorded at ports 1 and 2, some differences may be observed mostly in the last part of the pulse, which
suggests some difference in the dynamic behavior of the junction.

 

Figure 4. Experimental results for the Y-junction in the time domain. (a) Excitation at port 1;
(b) excitation at port 2; (c) excitation at port 3. Ports are denoted as in Figure 1.
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These statements are supported by the results obtained with the excitation at port 3, shown in
Figure 4c. Here, it appears that again the amplitude of the transmitted pulse is higher when there is no
significant change in direction along the transmission path (in this case, from port 3 to port 1). However,
the differences are not as apparent as those seen in Figure 4b, which is reasonable considering that
here there is some change in direction in the two transmission paths. It is also worth noticing the clear
differences observed between the reflected pulse recorded at port 3 and those recorded at the other
two ports. A much more complex time evolution can be observed in the case of port 3, which again
suggests that wave dynamics inside the junction depend significantly on the port at which the junction
is excited.

3.1.2. Frequency Domain Analysis

Here, the results obtained for the transmission and reflection coefficients defined in Equation (1)
are analyzed. For brevity, only the modulus of these coefficients will be considered, as this contains
significant information about the overall energetic behavior of the junction. The results for the
T-junction are shown in Figure 5, where it can be observed that the values obtained in the very low
frequency range (below 200 Hz) are fully consistent with the time domain results shown above in
Figure 3: when exciting the junction at port 1, it is seen that |T12| is systematically larger than |T13| in
this frequency range, whereas when the excitation is at port 3 the differences between |T31| and |T32|
are significantly smaller.

 

Figure 5. Experimental results for the T-junction in the frequency domain. (a) Excitation at port 1;
(b) excitation at port 3. Ports are denoted as in Figure 1. Ri: reflection coefficient as seen from port i; Tij:
transmission coefficient between ports i and j.

At higher frequencies, above 200 Hz, it can be seen that the behavior of |T12| and |T13| is essentially
flat around mean values of 0.65 and 0.64, respectively, with a maximum deviation from the mean of
0.065 in |T12| and of 0.05 in |T13|. On the contrary, in the case of |T31| and |T32| their mean values are
very similar to those of |T12| and |T13| (0.64 and 0.63, respectively) but some relevant acoustic features
can be detected in both coefficients between 1000 and 1250 Hz, mostly in the case of |T31| where the
deviation from the mean value reaches a maximum of 0.125, while |T32| follows the same trend but
with a maximum deviation from the mean of 0.08 . This confirms, on one hand, that when the junction
is excited at port 3 the two propagation paths are substantially equivalent and, on the other hand, that
their behavior is different from that obtained when exciting the junction at port 1.

This second statement is fully supported by the spectra of the reflection coefficients |R1| and
|R3|: it is apparent that |R3| is overall larger than |R1| for frequencies below 200 Hz, as suggested by
the results shown in Figure 4, but now without any uncertainty due to the difference in amplitude
between the incident pulses used in each test. Additionally, the trend observed is rather different for
frequencies above 200 Hz, and most notably above 1000 Hz, where |R1| shows a certain decreasing
tendency whereas |R2| increases with frequency.
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The corresponding results for the Y-junction are shown in Figure 6. Again, results below 200 Hz
confirm the time domain tendencies observed in Figure 4. In this frequency range, it is seen that while
|T12| is only slightly higher than |T13|, when exciting at ports 2 or 3 one finds that the transmission
coefficient corresponding to a smaller change in direction (that is, |T21| when exciting at port 1 and
|T31| when exciting at port 3) is significantly larger than the other one, and that this effect is more
noticeable the larger is the change in direction.

 

Figure 6. Experimental results for the Y-junction in the frequency domain. (a) Excitation at port 1;
(b) excitation at port 2; (c) excitation at port 3. Ports are denoted as in Figure 1. Ri: reflection coefficient
as seen from port i; Tij: transmission coefficient between ports i and j.

When considering frequencies above 200 Hz, noticeable differences are also observed between the
case with excitation at port 1, for which results very similar to those shown in Figure 5a are obtained,
with small differences between |T12| and |T13| and an almost flat behavior with little dependency
on frequency, and the other two cases, in which the transmission coefficients corresponding to
the propagation path with the smallest change in direction (|T21| and |T31|) are significantly and
systematically higher than those implying an important change (|T23| and |T32|, respectively) except at
the highest frequencies represented.

However, it is in the reflection coefficients where the effect of the change in the excitation port
is more apparent. In fact, the results for |R1| do not differ substantially from those obtained for the
T-junction and shown in Figure 5a, neither in the low frequency values nor in the high frequency
trend. On the contrary, the high frequency behavior seen in |R2| and |R3| is a clear indication of the
change produced in the dynamic characteristics of the junction when the excitation port is changed,
an effect that could be guessed from the time domain results of Figure 4 but now is fully confirmed.
Actually, a well-defined trend of picks and troughs can be observed in both cases, with similar shape
but a clear frequency shift, which provides a sort of acoustic signature of the dynamic behavior of
the junction. The fact that such a behavior is not apparent in the spectrum of |R3| for the T-junction
shown in Figure 5b indicates that such dynamic issues are suppressed by the symmetric nature of the
excitation through a perpendicular branch.
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3.2. Assessment of Modelling Approaches Considering a 0D Description of the Junction

Here, modeling approaches in which the junction itself is regarded as a 0-dimensional element,
while the flow in the adjacent ducts is assumed to be one-dimensional, will be evaluated. In the context
of the staggered mesh finite volume method, this corresponds to the case in which the junction is
regarded as a single volume and the adjacent ducts are meshed only in the axial direction. The pressure
loss-based model used here falls also within this category since, as commented in Appendix C, the
junction branches are connected through an auxiliary 0D element.

Again, separate analyses for the time and the frequency domains are presented.

3.2.1. Time Domain Assessment

First, in Figure 7, direct comparison between the experiments and the method with the momentum
diffusion term (MDT) as flux limiter is given for the case of the T-junction. The figures at the top provide
a direct representation of the results obtained, whereas in the figures at the bottom the differences
between the experimental and numerical results are represented (these are labeled ΔR and ΔT for
reflected and transmitted pulses, respectively). In general, the model reproduces the experimental
results within reasonable limits, but with a superimposed oscillation due to the development of the
pulse from station 0 to station 1 (refer to Figure A1) and which is a consequence of the way in which
the inlet boundary condition has been set. The scale of the vertical axis in the differences plots has thus
been chosen so as to allow proper comparison for the times not affected by those oscillations.

 

Figure 7. Experimental vs. modeled results for the T-junction: raw data (top) and differences (bottom)
in the time domain, momentum diffusion term (MDT) method. (a) excitation at port 1; (b) excitation
at port 3. Ports are denoted as in Figure 1. ΔR(i): difference in the pulse reflected at port i; ΔT(i − j):
difference in the pulse transmitted between ports i and j.

From the differences plots, it is apparent that the numerical results tend to underestimate the
actual measured values in the trailing part of the pulses, for t > 0.85 s, the differences being larger
in general for the case of the reflected pulse. The situation is rather more complex for the previous
instants, with different trends observed for the transmitted and reflected pulses, and with a noticeable
influence of the port at which the junction is excited.

The results obtained for the rest of the modeling approaches considered are compared in Figure 8,
where for clarity the experimental results are not shown in the top figures, but the bottom figures have
been expanded to allow proper analysis of the behavior observed in each of the propagation paths. It is
apparent that the conventional pressure loss method (labeled 1D in the figure) is much less dispersive
than any of the staggered-grid methods, and thus better suited for this particular calculation setting.

31



Appl. Sci. 2017, 7, 480

This is particularly true in the case of the reflected pulses, where the conventional method approaches
the measured values considerably earlier. It is also apparent that while no significant differences can
be found between the MDT and the FCT methods in the reflection seen from port 1, this is not the case
when the junction is excited at port 3: the FCT method exhibits larger differences, except in the last
part of the reflected pulse.

 

Figure 8. Comparison between the different models for the T-junction: raw data (top) and differences
(bottom plots) in the time domain. (a) excitation at port 1; (b) excitation at port 3. Ports are denoted
as in Figure 1. ΔR(i): difference in the pulse reflected at port i; ΔT(i − j): difference in the pulse
transmitted between ports i and j. FCT: flux-corrected transport; MDT: momentum diffusion term; 1D:
conventional pressure-loss model.

Regarding the different transmission paths, it can be observed that, while relatively small
differences between all the methods are seen in the case of transmission from port 1 to port 2 (the
performance of the conventional method being slightly better), significant differences appear at
intermediate times in all the cases in which port 3 is involved. There is a clear trend in the results
obtained in these cases, in the sense that the conventional method produces the lowest values, the FCT
method the highest values, and those produced by the MDT method lie in between. However, the
maximum differences are observed at time instants in which the amplitude of the transmitted pulses is
relatively high.

As an additional criterion for the comparison of the performance of the different modeling
approaches, the mean quadratic error corresponding to the differences shown in Figure 8 was
computed. A time window with 0.82 < t < 0.95 was chosen to avoid the large oscillations and
to focus on those times for which the differences between the methods are more apparent.

The values obtained for the mean quadratic errors are summarized in Table 1, where it is confirmed
that the best values for the reflection coefficients are those provided by the conventional method, while
the FCT method gives the best approach to the transmission coefficients.
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Table 1. Values of the mean quadratic error: T-junction.

Path MDT FCT 1D

R(1) 1.514 × 10−4 1.842 × 10−4 1.448 × 10−4

R(3) 1.102 × 10−4 2.046 × 10−4 1.019 × 10−4

T(1–2) 1.005 × 10−4 9.932 × 10−5 6.926 × 10−5

T(1–3) 1.609 × 10−4 1.298 × 10−4 1.774 × 10−4

T(3–1) 1.121 × 10−4 1.094 × 10−4 1.114 × 10−4

T(3–2) 1.554 × 10−4 1.245 × 10−4 1.833 × 10−4

Abbreviations: FCT: flux-corrected transport; MDT: momentum diffusion term; 1D: conventional
pressure-loss model.

Similar comments can be made about the comparison shown in Figure 9 for the case of the
Y-junction. Again, the conventional method reproduces better the behavior of the reflected pulses,
regardless of the excitation port, and the MDT and the FCT methods exhibit significant differences
only when the junction is excited at port 3, following the same trend as for the T-junction.

The trend is also very similar for the different transmission paths. Transmission between ports 1
and 2 is acceptably reproduced by all the modeling approaches, regardless of the exciting port, again
with a slightly better performance of the conventional model. In those cases in which port 3 is included
in the transmission path, the tendency observed is again the same when the junction is excited at port 1
or 2, with a small difference with respect to the T-junction when the excitation comes from port 3: in
this case, the lowest values are those provided by the MDT method, most notably in the transmission
from port 3 to port 2.

Again, the mean quadratic errors were calculated, and the corresponding results shown in Table 2
confirm the previous comments.

Table 2. Values of the mean quadratic error: Y-junction.

Path MDT FCT 1D

R(1) 1.575 × 10−4 1.915 × 10−4 1.273 × 10−4

R(2) 1.992 × 10−4 2.172 × 10−4 1.681 × 10−4

R(3) 1.648 × 10−4 2.945 × 10−4 1.394 × 10−4

T(1–2) 1.171 × 10−4 1.369 × 10−4 9.186 × 10−5

T(1–3) 1.514 × 10−4 1.322 × 10−4 1.742 × 10−4

T(2–1) 1.992 × 10−4 2.172 × 10−4 1.681 × 10−4

T(2–3) 1.336 × 10−4 1.296 × 10−4 1.141 × 10−4

T(3–1) 1.669 × 10−4 1.949 × 10−4 1.355 × 10−4

T(3–2) 2.117 × 10−4 1.516 × 10−4 1.751 × 10−4

Abbreviations: FCT: flux-corrected transport; MDT: momentum diffusion term; 1D: conventional
pressure-loss model.

From these results, it is apparent that the conventional pressure loss model, while is not able
to account for all the differences observed between the two transmission paths studied in each test,
could still provide a sufficient approximation to the real situation if the focus of the problem is on
the reflection properties of the junction and only time domain issues are relevant for the problem
under study (for instance, the eventual influence of a reflection at an intake junction on the volumetric
efficiency on the engine). The staggered mesh finite volume method appears to be more sensitive
to the relative directions of the different branches, mostly when the excitation comes from the side
branch (port 3), as should be expected since the momentum equation is actually solved, albeit in an
approximate way, at the junction, whereas in the conventional model such effects are included only
through their influence on the pressure loss coefficients.
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Figure 9. Comparison between the different models considered for the Y-junction (time domain):
(a) excitation at port 1; (b) excitation at port 2; (c) excitation at port 3. Ports are denoted as in Figure 1.
ΔR(i): difference in the pulse reflected at port i; ΔT(i − j): difference in the pulse transmitted between
ports i and j. FCT: flux-corrected transport; MDT: momentum diffusion term; 1D: conventional
pressure-loss model.
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3.2.2. Frequency Domain Assessment

As already detected when describing the experimental results, it is in the frequency domain where
the benefits of the staggered mesh finite volume method are more apparent. Consider first the results
corresponding to the T-junction, shown in Figure 10 in the case of the reflection coefficients. Here,
using either MDT or FCT as flux limiter, the staggered mesh finite volume method produces results
for the reflection coefficients which overestimate dynamic effects when the excitation is at port 1, but
produces a suitable approximation up to 1000 Hz when the excitation is at port 3 and the FCT flux
limiter is used. In comparison with this, it is apparent that the conventional pressure loss model (again
labeled as 1D in the figure) is unable to fully capture the dynamic features of the results, while still
providing a sort of suitable average value, even if all the dynamic issues are lost, as an unavoidable
consequence of the quasi-steady assumption underlying the calculation.

 

Figure 10. Comparison between the experimental results and the different models for the reflection
coefficients of the T-junction (frequency domain): (a) excitation at port 1; (b) excitation at port 3. Ports
are denoted as in Figure 1.

The corresponding transmission coefficients are shown in Figure 11, where it can be observed
that the staggered mesh finite volume method produces results that follow the overall trend of the
experimental results, with two exceptions: when the excitation is at port 1 the method underestimates
the transmission to port 3, and when the excitation is at port 3 the method is unable to capture the
behavior observed between 1000 and 1250 Hz. In the case of the conventional model, it is apparent that
in this case it is fully unable to reproduce neither the level nor the dynamic features of the measured
data, the only acceptable results being produced when the excitation is at port 1 and that only for very
low frequencies.

This essential difference between the two modeling approaches considered is even more apparent
in the case of the Y-junction, whose results are shown in Figures 12 and 13 for the reflection and
transmission coefficients, respectively. In this case, the results provided by the conventional model
are rather similar regardless of the port at which the junction is excited. In all the cases, an acceptable
value of the transmission coefficient in the very low frequencies is produced in those propagation
paths with smaller change in direction, and also a suitable average value for the reflection coefficient as
seen from any of the exciting ports. However, differences in transmission between the two propagation
paths are not reproduced in any case and, moreover, the results start to decrease monotonically at
about 200 Hz and reach totally unrealistic values for frequencies above 750 Hz in all the cases.

On the contrary, the staggered mesh finite volume method reproduces quite fairly the overall
dependency with frequency, but tends to overestimate the influence of the change in direction of
the propagation path on the transmission coefficients (and thus to underestimate the value of the
corresponding coefficient). With this geometry, this effect is especially evident in the results obtained
with the FCT flux limiter for |T13|, |T23|, |T31| and |T32|, i.e., all the cases in which the side branch (port 3)
is involved. On the contrary, the results of the FCT method are affected by a certain overestimation
when transmission through the main branch is considered (|T12| and |T21|). Accordingly, with the
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description given in Appendix B, this difference in behavior between the FCT and the MDT methods
can only be due to the effect of the application to the junction itself of the different ways used to handle
the information of the neighboring volumes when limiting the flow.

 

Figure 11. Comparison between the experimental results and the different models for the transmission
coefficients of the T-junction (frequency domain): (a) excitation at port 1, transmission through port 2;
(b) excitation at port 1, transmission through port 3; (c) excitation at port 3, transmission through port 1;
(d) excitation at port 3, transmission through port 2. Ports are denoted as in Figure 1.

 

 

Figure 12. Comparison between the experimental results and the different models for the reflection
coefficients of the Y-junction (frequency domain): (a) excitation at port 1; (b) excitation at port 2;
(c) excitation at port 3. Ports are denoted as in Figure 1.
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Figure 13. Comparison between the experimental results and the different models for the transmission
coefficients of the Y-junction (frequency domain): (a) excitation at port 1, transmission through port 2;
(b) excitation at port 1, transmission through port 3; (c) excitation at port 2, transmission through port 1;
(d) excitation at port 2, transmission through port 3 (e) excitation at port 3, transmission through port 1;
(f) excitation at port 3, transmission through port 2. Ports are denoted as in Figure 1.

In the case of the reflection coefficients, the overestimation of the junction dynamics already
observed in the T-junction is also present here when the junction is excited at port 1, but the measured
dynamics are quite successfully reproduced when the junction is excited at ports 2 and 3. The
characteristic frequencies governing the reflection coefficient are not exactly captured, but the overall
amplitude and the influence of the exciting port are reproduced by the numerical results.

3.3. Assessment of a Modelling Approach with a Quasi-3D Description of the Junction

In order to explore the additional potential offered by the staggered mesh method regarding
the approximate solution of the three-dimensional flow field inside the junction, such an approach
(commonly referred to in the literature as quasi-3D) was finally considered. In Figure 14 the mesh used
is shown together, for reference, with that used in the previous subsections. The four volumes at the
endpoints of the part shown are then connected to a single volume, thus providing the connection
with the one-dimensional computation at the ducts. The mesh chosen is relatively modest, in order to
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keep the computation time at reasonable values, but sufficient to show any potential advantages of
this description.

Figure 14. Meshes used in the staggered-grid method: (a) a 0D description of the junction;
(b) a quasi-3D description.

Additionally, in view of the previous results, only the MDT method will be used as a flow limiter,
since overall it has appeared to be more robust and consistent, and only the case of the T-junction will
be analyzed in the following, as no new qualitative issues have been identified in the Y-junction that
were not present also in the T-junction.

3.3.1. Time Domain Assessment

In Figure 15 the results obtained with the quasi-3D description of the junction (labeled MDT Q3D)
are compared with those previously shown in Figure 7 corresponding to the MDT with 0D description
of the junction. Again the plots on top represent the raw results, whereas the bottom plots show
the differences with respect to the experimental values. It can be seen that, in all the cases, a certain
improvement is achieved when using the quasi-3D junction, improvement which is more apparent
when the junction is excited at port 3, this is, at the side branch, which is intuitively reasonable.

 

Figure 15. Influence of the description of the junction in the time domain, MDT method: raw data (top)
and differences with measurement (bottom). (a) Excitation at port 1; (b) excitation at port 3. Ports are
denoted as in Figure 1.

Again, the mean quadratic errors were computed, as shown in Table 3.
These results indicate that, while the reflection coefficients exhibit a similar mean error, there is a

substantial improvement in the transmission coefficients, thus confirming the previous analysis.
However, the improvement achieved is not sufficient to produce results comparable to those

shown in Figure 8 for the conventional model in the case of the reflection coefficient, and the differences
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in the transmission coefficients are clearly significant only when the junction is excited at the side
branch. Therefore, while it appears that further refinement of the mesh at the junction should
improve further the quality of the results, this might produce in turn an unacceptable increase in the
computation time.

Table 3. Values of the mean quadratic error: T-junction.

Path MDT MDT Q3D

R(1) 1.514 × 10−4 1.513 × 10−4

R(3) 1.102 × 10−4 1.809 × 10−4

T(1–2) 1.005 × 10−4 1.018 × 10−4

T(1–3) 1.609 × 10−4 1.469 × 10−4

T(3–1) 1.121 × 10−4 1.044 × 10−4

T(3–2) 1.554 × 10−4 1.249 × 10−4

Abbreviations: MDT Q3D: momentum diffusion term with quasi-3D description of the junction.

3.3.2. Frequency Domain Assessment

Quite unexpectedly, the improvements just commented do not have a translation in the frequency
domain. In the case of the reflection coefficients, shown in Figure 16, the influence of the new
description is apparent, but the new results do not provide any improvement in the reproduction of
the experimental trend, showing even a certain degree of degradation in the quality of the results, with
the abnormally high values achieved around 1300 Hz when the junction is excited at port 1.

 

Figure 16. Influence of the description of the junction on the reflection coefficients (frequency domain),
MDT method. (a) Excitation at port 1; (b) excitation at port 3. Ports are denoted as in Figure 1.

The same comments apply to the transmission coefficients shown in Figure 17. The strange
behavior around 1300 Hz is again present in those coefficients associated with the excitation at port 1,
while when the junction is excited at port 3 no significant improvement can be detected.

The only possible explanation for the behavior observed, this is, something that produces minor
but evident improvements in the time domain, but that induces a rather severe degradation in the
quality of the results in the frequency domain, would be that some spurious high-frequency oscillations
are being generated at the interface between the quasi-3D junction and the 1D elements of the adjacent
ducts, due to the virtual merging of four volumes into a single one.

In order to clarify this point, the whole system was meshed as shown in Figure 14b for the junction,
and the results are shown in Figure 18, only for the case in which the junction is excited at port 1. It is
apparent that a dramatic improvement in the quality of the transmission coefficients is achieved, now
showing a more realistic influence of the change in direction. In the case of the reflection coefficients
the improvement is not so apparent, but the amplitude of the oscillations is smaller, what indicates
that further refining of the mesh could lead to substantially improved results. However, that would be
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impractical, since the computation time increases substantially when the whole system is meshed in
this way.

 

Figure 17. Influence of the description of the junction on the reflection coefficients (frequency domain),
MDT method. (a) excitation at port 1, transmission through port 2; (b) excitation at port 1, transmission
through port 3; (c) excitation at port 3, transmission through port 1; (d) excitation at port 3, transmission
through port 2. Ports are denoted as in Figure 1.

 

Figure 18. Influence of using a quasi-3D approach for the whole system on the reflection and
transmission coefficients (frequency domain). MDT method, excitation at port 1. (a) reflection at
port 1; (b) transmission through port 2; (c) transmission through port 3. Ports are denoted as in
Figure 1.
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4. Conclusions

The objective of the work presented was to establish the potential of staggered mesh finite volume
models as a way to improve the description of the effect of simple duct junctions on an otherwise
one-dimensional flow system, as the intake or exhaust of an internal combustion engine.

With that purpose, specific experiments were performed making use of a modified impulse
method, in which two different junctions were characterized as a multi-port, and that provided precise
and reliable results on the propagation of pressure pulses across junctions.

The results obtained were then compared to numerical results obtained from different methods,
both in the time and the frequency domains. First, methods assuming a zero-dimensional description
of the junction were assessed, including the staggered mesh finite volume method with different flux
limiters and, as a reference for comparison, a more conventional pressure loss-based model. Then, the
potential of using the staggered mesh finite volume method in order to produce a quasi-3D description
of the junction, to be coupled with the one-dimensional description of the adjacent ducts, was explored.

As an overall conclusion of the results found, one may state that none of the modeling approaches
considered is able to reproduce totally the observed behavior. However, the performance of the
different models is such that a suitable choice seems to be possible depending on which is the actual
focus of the problem under study: situations in which a suitable time domain description may be
sufficient may be addressed either with the conventional quasi-steady pressure loss model (most
notably when the focus is on the reflection properties of the junction) or with the staggered mesh
model with quasi-3D junction description (in this last case, when the main interest is on transmission,
and given that the lengths involved in the problem will not be as long as to give rise to spurious
oscillations due to the dispersive character of the method).

When the focus is on the frequency domain and on the dynamic behavior of the junction, it is the
staggered mesh method the one that provides the most suitable results, at least from a qualitative point
of view, as a consequence of the fact that momentum conservation across the junction is accounted
for. However, due to spurious oscillation arising from the method used to couple a quasi-3D junction
to the 1D ducts, suitable results with an acceptable computation time have been obtained only either
with the zero-dimensional description of the junction or with a full quasi-3D description of the whole
system, this last option being unacceptable in practice. It is thus clear that further work is needed
in this case in order to find the optimal settings for the calculation, most notably in the connection
between the quasi-3D and the 1D regions.

Finally, it should be recalled that no empirical information has been included in the staggered mesh
method used; the incorporation of such information in terms of effective sections and characteristic
lengths and the evaluation of their potential could be additional topics for further research.
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Appendix A. Experimental Procedure

Making reference to the notation in Figure 2, the determination of the transmission and reflection
coefficients defined in Equation (1) requires the three following measurements:
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• Excitation in duct 1, with anechoic terminations in ducts 2 and 3, so that A1 �= 0 and A2 = A3 = 0,
and thus,

R1 = B1/A1; T12 = B2/A1; T13 = B3/A1 . (A1)

• Excitation in duct 2, with anechoic terminations in ducts 1 and 3, so that A2 �= 0 and
A1 = A3 = 0; then,

R2 = B2/A2; T21 = B1/A2; T23 = B3/A2 . (A2)

• Excitation in duct 3, with anechoic terminations in ducts 1 and 2, so that A3 �= 0 and A1 = A2 = 0,
so that,

R3 = B3/A1; T31 = B1/A3; T32 = B2/A3 . (A3)

In order to perform the above-indicated tests, the modified version of the impulse method
described in [28] was used, since pressure components, which all the previous developments are based
upon, are directly obtained in the time domain with a simple procedure, and the consideration of
three-port elements is straightforward. In Figure A1 both the experimental setup used and the relevant
pressure waves recorded are illustrated.

 

Figure A1. Experimental setup used.

The incident pulse is generated by means of a high speed electrovalve that controls the discharge
from a high-pressure tank. A proper choice of the opening time ensures that the spectrum associated
with the incident pulse is essentially flat. The length of the ducts placed between the valve and
transducer 0, transducer 0 and the junction, and the junction and the open ends is chosen so that no
windowing is necessary in order to isolate the incident, the reflected, and the transmitted pulses, as
indicated in the figure. Transducer 0 was located 15 m away from both the valve and the junction,
and transducers 2 and 3 were placed 0.15 m downstream of the junction, and 15 m away from their
corresponding open end.

At the position indicated for transducer 1 in Figure 2, it is clear that this transducer records
the addition of the incident and the reflected pulses, as illustrated in the figure. In order to surpass
this difficulty, the solution adopted is to estimate the pulse incident on the junction at section 1
(whose Fourier transform will give the complex amplitude of the A1 component) from an additional
test performed without any element, using the pressure recorded by transducer 0 only to check the
comparability of the excitations used in both types of tests (with and without junction).
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Appendix B. Staggered-Grid Finite-Volume Approach

As described by Torregrosa et al. [34], the quasi-3D model uses a staggered grid with two different
basic elements: volumes and connectors. Volumes have associated scalar information such as pressure,
density or temperature, as well as the cell volume. Connectors contain vector information, like flow
velocity, momentum or the orientation of the connector in space, together with its area. With this
configuration, a volume might have attached as many connectors as needed, but a connector will
always connect only two volumes. In Figure A2 two volumes and a connector are shown schematically
(volumes and connectors actually have an undefined shape).

 

Figure A2. Basic mesh elements, definition of velocity projections and notation of volumes
and connectors.

The method is based on the solution of the 3D Euler conservation equations without source term:

∂ρ/∂t +∇·(ρu) = 0 (A4)

∂(ρu)/∂t +∇·(ρuu) = −∇p (A5)

∂(ρe0)/∂t +∇·[(ρe0 + p)u] = 0 (A6)

together with the perfect gas equation of state. Here, ρ is the density, p is the pressure, u is the velocity
vector, ∇· indicates the divergence, and e0 is the specific stagnation internal energy, whose expression
for a perfect gas is:

e0 = cvT + u2/2 (A7)

where cv is the specific heat capacity at constant volume and T is the fluid static temperature.
However, in the context of a finite volume method on a staggered grid, the key issue is how

and where these equations are solved. The mass conservation equation, being scalar, is solved in the
volumes. Upon discretization it becomes:

ρn+1 = ρn +
Δt
V

Nc

∑
c=1

ρn
c un

c Ac (A8)

where u is the flow velocity. Superscript n indicates the time step, Δt is the time interval, V the volume
of the cell, Nc the number of connectors, A is the cross section, and subscript c indicates that the
variable is taken at a connector (otherwise it is assumed that the variable is taken at the volumes).

Following a similar procedure, the discretized energy equation is written as:

(ρe0)
n+1 = (ρe0)

n +
Δt
V

Nc

∑
c=1

ρn
c en

0 un
c Ac +

Δt
V

Nc

∑
c=1

pn
c un

c Ac (A9)

The momentum equation in a 3D case consists of three coupled equations. In this context, the
momentum equation is solved in the connectors and only in the direction orthogonal to its surface.
This is achieved by projecting the flow velocity of the two adjacent volumes into that direction, as
shown in Figure A2, where the velocity uc in the connector, and the projections of the volume flow
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velocity from its left and right, uLn and uRn, are shown. As a result, the momentum in the connector
follows a one-dimensional momentum equation, whose discretization gives:

(ρcuc Ac)
n+1 = (ρcuc Ac)

n + (Δt/ΔL)
[(

ρu2
n + p

)
L
+
(

ρu2
n + p

)
R

]
Ac (A10)

Here, un is the velocity projection onto the direction orthogonal to the connector surface and
subscripts R and L denote the variables taken from the volumes at the right and left of the connector,
respectively. With this simplification, a single equation is solved for each connector instead of three
coupled equation for each volume. While usually the number of connectors is higher than the number
of volumes in a 3D mesh, the fact that the momentum equations for each direction are not coupled
reduces drastically the computation time when compared to a regular 3D method.

Once the momentum is calculated, its value is used to compute the mass and energy conservation
equations in the next time step. It is worth noticing that some terms in the momentum and energy
equations, like density or pressure, must be evaluated in the connectors, but are only calculated in the
volumes. To solve this, an upwind approach is adopted, the required values being taken from the right
or left volumes, depending on the flow direction.

Finally, the momentum in the volumes is computed by distributing the momentum calculated in
the connectors among the volumes they connect, taking into account their size. In a uniform 1D mesh,
half the momentum is thus assigned to each volume. As the orientation of the connectors in space
is known, the resulting momentum vector of a volume can be calculated from the vector sum of the
momentum in the connectors:

(ρcuV)n+1
v =

1
2

Nc

∑
c=1

(ρuc AcΔL)n+1
c (A11)

The resulting method is a second-order accuracy method based on an explicit scheme with a
staggered grid, as shown in Figure A3.

 

Figure A3. Scheme of the staggered mesh and the associated time marching.

The fact that the resulting scheme offers second-order accuracy, together with the simplifications
adopted in the momentum equation, results in nonphysical oscillations, especially in the vicinity of
significant pressure gradients. In order to mitigate such overshoots, two different flux limiters have
been used here: the momentum diffusion term (MDT) proposed in [35] and the flux-corrected transport
(FCT) methodology proposed in [34].

In the case of the MDT, the main goal is to add a diffusion term to the momentum equation so that
the mass flux computed at that connector is conveniently limited. With this purpose, the momentum
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flux density tensor used in the momentum Equation (A5) can be modified, in a way similar to that
used for incorporating viscosity effects, as follows:

∂(ρu)/∂t +∇·(ρuu + D) = −∇p (A12)

where the tensor D is assumed to depend linearly on the local momentum gradients, i.e.,

D = ε∇(ρu) (A13)

The scalar quantity ε has the dimensions of a kinematic viscosity and can thus be interpreted
as a momentum diffusion coefficient. With this prescription, the contribution of the diffusion term
∇·D will only be relevant if significant gradients exist, and any resulting spurious oscillations will
be damped.

Adding the projection of Equation (A12) onto the direction of a connector to the discretized
momentum equation one gets:

(ρcuc Ac)
n+1 = (ρcuc Ac)

n +

(
Δt
ΔL

){[(
ρu2

n + p
)

L
+
(

ρu2
n + p

)
R

]
Ac +

(
D̃Ln − D̃Rn

)}
(A14)

where D̃L and D̃R are the projections onto the connector direction of tensor D̃ = ε∇(ρuA) computed
in the two adjacent volumes. Following [35], the momentum diffusion coefficient is computed by
relating the mesh size and the time step to the local flow velocity at the volume, as:

ε =
|u|
2
(ΔL − |u|Δt) (A15)

and the gradient of mass flow ∇(ρuA) is also computed from the projections of the mass flows of the
adjacent connectors onto each direction.

Considering now the FCT technique, it was initially conceived to be used in a finite differences
scheme, but it was adapted to a finite volume staggered grid in [34]. In the FCT technique three
stages can be identified: a transport stage based on the scheme considered, a diffusion stage where
the numerical dispersion is reduced, and an anti-diffusion stage in which the accuracy of the scheme
where the solution is smooth is restored. The diffusion operator is defined as:

Dj(W) = θ
(

Wj+1/2

)
− θ
(

Wj−1/2

)
(A16)

with,
θ
(

Wj+1/2

)
= ϑ/4

(
Wj+1 − Wj

)
(A17)

where Wj is the conservative variable computed at cell j in the transport stage, j ± 1/2 indicates that
the conservative variable is evaluated in the midpoint between j and j ± 1, and the factor ϑ is a positive
real number with ϑ ≥ 1/2. Calculating the diffusion via damping, as suggested in [34], the new
variable Wj is obtained as:

Wn+1
j = Wn+1

j + Dj(Wn) (A18)

When considering a staggered mesh finite volume method, the FCT is only applied to the
momentum equation, since this is the main source of oscillations. Therefore, all the calculations in the
volumes are made using Wn

j = (ρuc Ac)
n
j as the conservative variable, whereas the calculations in the

midpoints make use of the variables evaluated at the volumes adjacent to the connector.
Finally, the non-linear anti-diffusion operator Aj is defined as:

Aj(W) = Ψ
(

Wj−1/2

)
− Ψ

(
Wj+1/2

)
(A19)
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Making use of the anti-diffusive limited flow defined in [37] gives:

Ψ
(

Wj+1/2

)
= smax

[
0, min

(
(5/8)s ΔWj−1/2, (1/8)

∣∣∣ΔWj+1/2

∣∣∣, (5/8)s ΔWj+3/2

)]
(A20)

where s = sign
(

ΔWj−1/2

)
, ΔWj−1/2 = Wj − Wj−1, ΔWj+1/2 = Wj+1 − Wj and ΔWj+3/2 = Wj+2 −

Wj+1. Then, according to [34], the phoenical form should be used, so that:

=
W

n+1

j = Wn+1
j + Aj

(
Wn+1

)
(A21)

The anti-diffusion stage equations can be adapted to the staggered grid mesh finite volume
method in a way similar to that used with the diffusion stage.

Appendix C. 1D Method with Pressure Loss-Based Junction Model

In this case, a collocated one-dimensional finite volume method is used for all the calculations
inside the pipes. The Euler equations of fluid dynamics simplified for one-dimensional flow in a
straight uniform duct can be expressed as:

dWi
dt

=
d
dt

⎛⎜⎝ ρ

ρu
ρe0

⎞⎟⎠
i

=
A(Fi−1,i − Fi,i+1)

Vi
(A22)

Here, Wi is the cell-averaged state vector of cell i, Fi−1,i and Fi,i+1 are the inter-cell fluxes between
cells i − 1 and i and between i and i + 1, respectively, and the other symbols refer to the same
magnitudes as in Appendix B, with u being now the axial velocity of the flow. The inter-cell fluxes
are computed by an approximate solution of the Riemann problem as described by Toro et al. [38].
The state vector is extrapolated to the cell boundaries to compute the fluxes by means of a Monotonic
Upstream-Centered Scheme for Conservation Laws (MUSCL) approach as described in [39], while the
solution is propagated in time using Heun’s method, leading to a second order in time and space, total
variation diminishing scheme.

While the main one-dimensional flow inside the ducts is simulated, the effects of the geometry
of the junction are modelled. The connections of the ducts to the junction are solved using an
auxiliary small zero-dimensional element. Each of the one-dimensional branches is connected to
that zero-dimensional element making use of the Riemann variables to compute the fluxes at their
corresponding boundary. At each connection, it is assumed that a certain amount of stagnation
pressure is lost, depending on the angle of the junction and of the ratio between the outflow mass flow
.

mout passing through the branch of interest and the inflow mass flow
.

min. The pressure loss coefficients
are computed following the expressions given in [15,16], and are defined as the ratio of the difference
in stagnation pressure between the outflow branch and the inflow branch to the dynamic pressure
(ρu2/2) of the inflow branch. Finally, the total pressure loss coefficient K for a three-branch junction
with the same section in all the branches can be estimated as:

K =

( .
mout

.
min

)2

− 3
2

.
mout

.
min

+
1
2

(A23)

when the branch is collinear with the inflow branch, and,

K =

( .
mout

.
min

)2

+ 1 − 2
.

mout
.

min
cos
(

3
4

θ

)
(A24)

for the lateral branch, when the flow is split between a collinear and a lateral branch. In this case, θ is
the angle between the lateral branch and the axial outflow branch, so that 0◦ means that both outflow
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branches are parallel. The same expression applies when the inflow branch is not parallel to any of
the outflow branches: in that case, the angle θ is measured between the inflow branch and the other
outflow branch.

In the auxiliary zero-dimensional element, the gas is again considered as a perfect gas, and the
mass and energy equations are solved:

dm
dt

= ∑
.

m (A25)

d(mcvT)
dt

= ∑
.

mh0 (A26)

where m is the mass trapped in the zero-dimensional element,
.

m is the mass flow, positive when it
enters the element, and h0 is the specific stagnation enthalpy associated with the mass moving inside
or outside of the element. These two equations set an additional limitation to the maximum possible
time step.
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Abstract: Modern downsized internal combustion engines benefit from high-efficiency turbocharging
systems for increasing their volumetric efficiency. However, despite the efficiency increase,
turbochargers often lack fast transient response due to the nature of the energy exchange with
the engine, which deteriorates the vehicle’s drivability. An electrically-assisted turbocharger can be
used for improving the transient response without any parasitic losses to the engine while providing
energy recovery for increasing overall system efficiency. The present study provides a detailed
numerical investigation on the potential of e-turbocharging to control load and if possible replace
the wastegate valve. A parametric study of the optimum compressor/turbine sizing and wastegate
area was performed for maximum torque, fast response time and energy regeneration across the real
driving conditions speed/load area of the engine. The results showed that the implementation of a
motor-generator could contribute to reducing the response time of the engine by up to 90% while
improving its thermal efficiency and generating up to 6.6 kWh of energy. Suppressing the wastegate
can only be achieved when a larger turbine is implemented, which as a result deteriorates the engine’s
response and leads to energy provision demands at low engine speeds.

Keywords: turbocharger; e-turbo; boosting; electrically-assisted; turbo-compound; energy
regeneration; internal combustion engines; 1D simulation

1. Introduction

The demand for low fuel consumption and CO2 generation vehicles over the last few years
has popularly increased the necessity of downsizing and increasing the overall thermal efficiency of
Internal Combustion (IC) engines. Downsizing is the process of reducing the volumetric capacity
of an engine for reduced throttling and friction losses while its boosting capabilities need to be
increased for higher specific heat. This can be achieved by the implementation of a boosting device
(turbocharger or supercharger) for increased air pressure at the intake of the engine and therefore
higher volumetric efficiency.

A turbocharger is a device that recovers the waste energy from the engine’s exhaust gasses and
uses it to compress the air at the engine’s intake. The level of compression is directly linked to the
amount of air passing through the turbine, and it can be controlled by either bypassing part of the flow
through a Wastegate (WG) or by changing the nozzle position of the turbine (VGT, Variable-geometry
turbocharger). The proportion of the waste-gated flow can be up to 50% for high speed and load
conditions, which imply a vast amount of unexploited energy. The drawback of this device is that due
to the nature of the energy exchange between the engine and the turbocharger (filling of the intake and
exhaust manifolds and low exhaust energy at low speeds/loads), the transient performance during
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engine load increase is relatively poor, which deteriorates the drivability of the vehicle [1]. On the other
hand, a supercharger is a device mechanically driven by the engine to increase its volumetric efficiency.
It has a very fast response time in transient conditions, but the power required for its operation is a
parasitic loss for the engine; therefore, it is not widely used in recent technologies.

The parallel use of a turbocharger and a supercharger could potentially improve the transient
performance of the system during load increase while reducing the engine losses compared to a solely
supercharger boosted system. However, this will increase the complexity, as a two-stage boosting
system is required [2,3]. An electrically-assisted turbocharger of a larger size and with higher efficiency
could be used in case a simpler one-stage boosting system is needed. The motor can provide the
electricity required at the periods of load increase for a faster response, while the turbocharger works
as a conventional system during steady-state and tip-out conditions.

Katrasnik et al. [4] investigated the influence of an electric motor attached to the turbo shaft on
the transient response of a diesel engine. It was found that the time required to perform transient
power increase was reduced from 3.9 s for the original conventional turbocharger down to 1.7 s.
Ibaraki et al. [5] tested a hybrid turbo developed by Mitsubishi Heavy Industries under transient
operating conditions. An improved engine peak torque and enhanced transient response compared
to a conventional system was demonstrated. Torque was enhanced by 18% at low engine speeds,
while the response time was reduced by 70% when 2 kW of turbo motor assistance was provided.
Millo et al. [6] investigated the potential of an electrically-assisted turbocharger for a heavy-duty diesel
engine to evaluate the turbo-lag reductions and the fuel consumption savings that could be obtained in
an urban bus at different operating conditions. The system allowed fuel consumption reductions of 6%
to 1%, depending on the driving cycle, with lower values corresponding to congested traffic conditions.

Burke [7] applied various electric boosting systems to a gasoline and a diesel engine and evaluated
their steady state and transient performance from the perspective of the air path. The author compared
the performance characteristics of an electrically-assisted turbocharger with those of a two-stage system
with an electrically-driven compressor placed before or after the main waste-gated turbocharger. He
found that under steady-state operating conditions, there was significant system efficiency to installing
the electric compressor downstream of the turbocharger’s compressor. The author also concluded
that an electrically-assisted turbocharger is not ideal as a replacement for the second compressor in a
two-stage system, as it will push the compressor into surge. However, it was mentioned that this could
be overcome through re-matching of the compressor. Bumby et al. [8,9] investigated the technical
problems in selecting an appropriate machine to use with an electrically-assisted turbocharger. The
authors also demonstrated that the required time for accelerating an electrically-assisted turbocharger
from 40 to 110 krpm could be around 50% less than a conventional turbocharger.

However, albeit an electrically-assisted turbocharged engine requires less energy for its operation
than a solemnly supercharged engine, the power required is still a parasitic loss for the engine, which
results in an increased fuel consumption. Divekar et al. [10] proposed an electrical supercharging and
a turbo-generation system integrated in a diesel engine for overcoming the issue of parasitic losses.
The proposed system showed distinct transient response improvement benefits over a conventional
turbocharged system and 7% improvement in fuel consumption over the Federal Urban Driving
Schedule (FUDS) cycle. Furthermore, during transients and high load operation, the proposed system
did not build up exhaust backup pressure in order to accelerate the supercharger, and as such,
no additional pumping losses were incurred. However, the authors commented that the electrical
energy required by the supercharger can be only partially obtained by the turbo-generation system,
which still leads to additional energy losses.

Panting et al. [11] was one of the first research groups to implement the idea of a motor-generator
electrical turbocharger for a 5.2 L truck diesel engine in a theoretical study. Adding a directly-coupled
motor-generator offers tremendous advantages to the operation of the turbocharger. It abolishes the
requirement of the turbine and compressor power to be matched under steady-state conditions while
it assists the acceleration and deceleration of the shaft during transients with no engine energy needs.
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Over the last few years, keen interest has been shown in the numerical and experimental investigation
of the motor-generator technology application in high-duty engines by several research groups.
Terdich and Martinez-Botas [12] experimentally characterized a variable geometry turbocharger
with a motor-generator technology. The authors found that the motor-generator is capable of
delivering a maximum shaft power of 3.5 kW in motoring mode and 5.4 kW in generating mode.
The peak electrical efficiency was more than 90% in both modes and occurred at 120,000 revs/min.
Airse et al. [13] developed a comprehensive powertrain model to evaluate the benefits of an electric
turbo-compound, working in both generator and motor mode, in reducing CO2 emissions from small
diesel passenger cars. The simulations showed a reduction in CO2 and fuel consumption of over 4%
for the New European Driving Cycle (NEDC). Algrain [14] developed an advanced control system
for a motor-generator fitted in a heavy-duty diesel engine for improving the overall fuel efficiency.
The simulation results showed that at the rated power, the fuel consumption of a Class-8 on-highway
truck engine could be reduced by almost 10%, while the overall reduction in fuel consumption was
estimated to be around 5%. Pasini et al. [15] focused on the evaluation of the benefits resulting from
the application of an Electric Turbo Compound (ETC) to a small-sized twin-cylinder Spark-Ignition
(SI) engine and to a four-cylinder Compression-Ignition (CI) engine with the same power rating. They
found that by absorbing electrical energy from the battery, the ETC can lead to significant Brake-Specific
Fuel Consumption (BSFC) reductions of up to 4% at the highest engine speeds and loads for the SI
engine and up to 6% for the CI engine at 4000 rpm half load. Furthermore, calculations have shown
that in the case of the CI engine, the maximum electric power that can be recovered by the ETC is
around 4 kW at 4000 rpm full load, while in the case of the SI engine, the maximum power is 1.5 kW.

Tavcar et al. [16] presented a comprehensive study on engine performance improvement
attributable to the application of different electrically-assisted turbocharger topologies, including
a single-stage turbocharger, an electrically-assisted turbocharger, a turbocharger with an
additional electrically-driven compressor and an electrically-split turbocharger (supercharger and
turbo-generator). The results revealed that all of the electrically-assisted turbocharger topologies
improve the transient response of the engine and, thus, the drivability of the vehicle. However, no
electrically-assisted turbocharger topology could clearly be favoured in general.

In this paper, a detailed investigation of the potential of e-turbocharging to control load while
providing energy recovery for increasing the overall system efficiency and if possible replace the
wastegate boost control is provided. The current approach of e-turbocharging requires larger turbine
systems that do not build up backup pressure and provide electrical assistance at low engine speeds.
However, with this configuration, the energy regeneration occurs only at high speed and load areas of
the engine, as shown in Figure 1a. The proposed study focusses on shifting the energy regeneration
towards the low-speed area, which represents more realistic driving conditions, as shown in Figure 1b.
Energy assistance is provided to the engine when the maximum power characteristics of the engine
need to be met. The study is performed on a 2.0 L turbocharged SI engine under steady-state and
transient driving conditions. The research work focuses on the availability of energy and the effects of
component sizing, the transient behaviour for eliminating turbo lag and the overall system energy
balance during various driving conditions.

After a comprehensive introduction in this section, Section 2 outlines the engine model used
for the study and any relatively small modifications occurring for the purpose of electrifying the
turbocharger. A detailed model validation against experimental data is also presented in Model
Validation. Section 3 describes the methodology followed for all of the simulation studies conducted
under steady-state and transient conditions. The simulation results for all of the studies performed are
analysed and discussed in Section 4. Finally, Section 5 summarizes the main findings of this work and
proposes future work in the area of the electrification of turbocharging systems.
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Figure 1. Energy regeneration areas over the load/speed map of an engine: (a) current approach;
(b) desired operation.

2. Computational Model

The present numerical study was performed on a 1D gas dynamic environment using the
GT-Power software tool (v7.5.0, Gamma Technologies, LLC., Westmont, IL, USA, 2014). The model used
for this study, shown in Figure 2, represents a 2.0 L spark-ignition turbocharged engine. The model,
previously used in [17], was provided by the engine supplier, and it has been validated against
experimental data in both steady-state and transients by POWERTECH Engineering (see Model
Validation).

 

Figure 2. 1D model of the baseline 2.0 L turbocharged engine used in the present study.
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The baseline 2.0 L engine model was used only for the Phase 1 study of the steady-state
simulations, which included a wastegate enthalpy loss study for quantifying the energy availability
across the speed/load map of the engine.

For the Phase 2 and Phase 3 of the steady-state simulations, as well as the transient simulations
included in this paper, the model was modified by implementing a motor/generator (M/G) component
model. The motor/generator was connected directly to the turbocharger’s shaft, as shown in Figure 3.

Figure 3. Motor/generator component model used for converting the model to an e-turbo engine.

The original model was fitted with a wastegate/boost pressure and a throttle/brake mean effective
pressure proportional-integral-derivative (BMEP PID) controllers for achieving the targeted boost
pressure and BMEP. The target values for different engine speeds and loads were provided to the model
using look-up tables. For the electrically-assisted model, two new PID controllers were introduced or
replaced the original controllers as necessary, depending on the type of study. These are:

• A motor/generator (M/G)/boost pressure controller for achieving the desired intake pressure
• A WG/pre-turbine pressure controller for achieving the desired pre-turbine pressure

The compressor and turbine mass flow multipliers were modified and spanned in the range of 0.7
to 1.3 for the purpose of undertaking parametric studies with different component sizing, as shown
in Equation (1). By restricting or enhancing the mass flow rate within a component, the size of the
component can be simulated.

Average mass flow rate = Multiplier ×
∫ ·

m dt∫
dt

(1)

where ṁ is the mass flow rate through the part (in the case of the turbine, the wastegate mass flow
is excluded).

Although this approach would not promise a high level of accuracy, it is deemed to be reliable to
predict the trend of the overall system’s behaviour when the turbine or compressor sizing is increased
or decreased compared to the original components based on a highly-calibrated engine. Furthermore,
the wastegate area was modified from completely closed to diameters larger than the baseline engine.
However, due to the change of the size of critical components, the operation of the engine and its
main parameters needs to be closely monitored to ensure realistic performance. For this reason, the
parameters limits shown in Table 1 were set and established, which were not violated during the
parametric studies.

Table 1. Maximum limits set for the parametric studies.

Parameter Unit Value

Engine torque (Nm) 304
Turbine inlet temperature (◦C) 1000

Turbocharger speed (krpm) 200
Pre-turbine pressure (bar) 3

Post-compressor temperature (◦C) 200
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Model Validation

A high fidelity engine model validated against experimental data for a conventional layout,
in both steady-state and transients, has been applied in this study. The calibration of the combustion
model (SI Wiebe) was performed by isolating Cylinder 1 of the engine and performing a Three Pressure
Analysis (TPA). Figure 4 represents the comparison between measurements and simulation results for
all engine cylinders at low loads.

 
(a) (b) 

(c) (d) 

Figure 4. Simulated cylinder pressure from Three Pressure Analysis (TPA) and measured pressure at
low loads. (a) Cylinder 1; (b) Cylinder 2; (c) Cylinder 3; (d) Cylinder 4.

The small cylinder-to-cylinder variations observed in the measured data were difficult to capture
in the 1D simulation. These variations may be a result of several factors, such as 3D air and gas flow
behaviours at the intake and exhaust or different thermal conditions. Although there were slight
variations, a good agreement between measured and simulated mass air flow and averaged indicated
mean effective pressure (IMEP) (error of less than 2%) was observed for full load conditions, as shown
in Table 2.

Table 2. Measured data and simulation results at full loads. IMEP, indicated mean effective pressure.

Attribute Value Cylinder 1 Cylinder 2 Cylinder 3 Cylinder 4

Measured total mass air flow (kg/h) 258.69
Simulated total mass air flow (kg/h) 263.65
Error in total mass air flow (%) 1.92
Measured net IMEP (bar) 20.71 21.19 20.75 18.29
Simulated net IMEP (bar) 20.44 20.76 20.30 18.02
Absolute error in net IMEP prediction (bar) 0.39 0.43 0.45 0.27
Error in net IMEP prediction (%) 1.87 2.05 2.15 1.47
Averaged absolute error in net IMEP (bar) 0.36
Averaged error in net IMEP (%) 1.89

For part-load cases, the discrepancy between measured and simulated results was slightly larger,
as can be found in Table 3. However, despite the 9.37% error in the averaged IMEP for the low-load
case, the averaged absolute error in net IMEP was below 0.3 bar. Therefore, the modelling of the
scavenging system and combustion system at low engine load is satisfactory.
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Table 3. Summary of combustion model validation at 2000 rpm.

Attribute Value Low-Load Medium-Load Full-Load

Error in total mass air flow prediction (%) 0.69 3.26 1.92
Averaged error in net IMEP prediction (bar) (Cylinder 1) 0.19 0.39 0.39
Averaged error in net IMEP prediction (%) (Cylinder 1) 7.39 2.56 1.87

The overall shape of the port pressures at three operating points was captured. Figure 5 outlines
the measured and simulated instantaneous pressure at the exhaust port of Cylinder 1 for medium
engine loads. As can be seen from the figure, the magnitude of the pressure wave reflections was
well predicted.

Figure 5. Instantaneous pressure at exhaust port of Cylinder 1, 2000 rpm medium-load.

The validation of the transient performance of the model was also performed against experimental
data collected from transient tests performed with various wastegate positions. The calibration was
performed for three different boost pressures and the comparison between measured and simulated
mass air flow is presented in Figure 6. The experimental and simulation results show a good agreement
with small variations (5%) that could be a result of the scavenging model in the 1D engine simulation.

Figure 6. Comparison between measurement and simulation results of transient performance for
different boost targets with imposed turbocharger rotational speed.
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3. Methodology

The simulations performed in this paper are divided into two main subsections of steady-state
and transient analysis. Each of the subsections is further divided into smaller segments to represent
different types of studies. A detailed flowchart of all of the simulations performed in this paper is
shown in Figure 7.

 

Figure 7. Flowchart of the simulation process. WG, wastegate.

Finally, it needs to be highlighted that all of the studies presented in this paper show the potential
available energy in the system. Any electrical losses such as alternator, converter and battery losses
have not been considered at this point.

3.1. Steady-State Simulations

The steady state analysis of the model was performed in the area of three axes, compressor and
turbine size and WG area, as shown in Figure 8. The purpose of the study was to understand the effects
of the compressor and turbine sizing on the amount of energy that needs to be provided/harvested
by the motor/generator and to identify any regions where the e-turbo can replace the wastegate for
load control.

Figure 8. Area of investigation for the steady-state simulations.

The steady-state simulations are divided into three phases based on the type of investigation.
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• Phase 1: Assessment of the amount of enthalpy loss for the baseline engine across the speed/load
map and how this is affected by the compressor and turbine’s size.

• Phase 2: Investigation of the potential of suppressing WG and using e-turbo to control boosting.
• Phase 3: Reinstatement of the WG to control exhaust manifold pressure and explore the trade-off

between WG and turbine size.

3.1.1. Phase 1: WG Enthalpy Loss Study

The first phase of the study was performed to calculate the amount of energy that is lost through
the wastegate of a modern 2.0 L turbocharged gasoline engine. The amount of power loss was
calculated using the equation:

Q = m × cp × ΔT, (2)

where Q is the amount of heat to the system (power), m is the mass flow rate through the wastegate, cp

is the specific heat of the gas and ΔT is the temperature difference.
A Design of Experiment (DoE) analysis was performed to evaluate the effects of the compressor

and turbine’s size on the amount of enthalpy loss, combustion limiting parameters and maximum
engine power. The nine cases studied are described in Table 4.

Table 4. Phase 1: Design of Experiment (DoE) analysis for different compressor and turbine sizes.

Case Turbine Size Multiplier Compressor Size Multiplier

1 0.7 0.7
2 0.7 0.85
3 0.7 1
4 0.85 0.7
5 0.85 0.85
6 0.85 1
7 1 0.7
8 1 0.85
9 1 1

3.1.2. Phase 2: Suppressing WG and Using e-Turbo to Control Boosting

Phase 2 of the steady-state simulations section involves the application of a motor/generator,
which is directly linked to the shaft of the turbocharger. The purpose of the motor/generator is to
provide or harvest energy, as needed, to/by the compressor for achieving the boosting demands of
the engine. For this phase, the WG has been completely suppressed and the model run once with the
original size of the compressor and turbine. However due, to the shut off of the WG valve, extremely
high pre-turbine pressures violating the limits at high loads were noticed.

A sweep study was performed for five different turbine sizes (10% to 50% larger) to evaluate
the optimum turbine size for the model without a WG valve. Then, the optimum turbine was
tested for different compressor sizes (20% smaller to 20% larger) to evaluate its effect on the energy
harvesting/provision requirements.

3.1.3. Phase 3: Reinstating WG to Control Exhaust Manifold Pressure

Phase 3 of the steady-state simulations involves the reinstatement of the WG valve for reducing
the required size of the turbine and enhancing the energy performance across the low speeds area of
the engine’s speed/load map. This section is divided into four studies, as shown below:

• Turbine size: WG area balance study
• Smaller turbine: increased WG area study
• Smaller turbine: increased pre-turbine pressure study (smaller WG area)
• Smaller turbine: variable pre-turbine pressure study (smaller and larger WG area)
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3.2. Transient Simulations

The findings in the steady-state simulations section (see the Results Section) demonstrated that
a model fitted with a motor-generator and a turbine 10% smaller than the original could provide
energy harvesting and thermal efficiency gain across the speed/load map of the engine. The transient
behaviour of the model with this configuration, an original size compressor and increased pre-turbine
pressures was tested by performing three different types of simulations, as shown below:

• Load step transient
• Fixed gear vehicle speed transient
• Energy balance study for various driving cycles and real driving conditions

The purpose of the transient study was to reveal the response time improvement under different
levels of energy provision to the compressor, as well as to perform an energy balance review. This is
required in order to identify whether the e-turbocharger can operate without energy consumption
from the engine and if any excess on the total energy generated.

3.2.1. Load Step Transient Simulations

The load tip-in study was performed for two engine speeds of interest, 1600 and 1100 rpm, close
to the surge limit of the compressor. The load tip-in step requested was from 2 bar BMEP to full load
BMEP (19 bar). However, due to the engine speeds at which the tests were performed, the requested
BMEP could not be achieved.

The study was initially performed for the model with all of the PID controllers. However,
for ensuring that the results are not affected by the tuning of the controllers, the study was repeated
in an open-loop environment (no PID controllers). The PID controllers in the model were removed
and replaced by look-up tables for controlling the boost pressure and throttle position of the engine,
as shown in Table 5. This allows a hardware capability investigation to be performed by eliminating
any effects of the PID controllers. The energy provided to the compressor was divided into four
sections of 0.25 seconds, and different levels of power (1, 3 and 5 kW) were provided in each section.

Table 5. Control of basic process parameters for the model with proportional-integral-derivative (PID)
controllers and the open-loop model. BMEP, brake mean effective pressure; M/G, motor/generator.

Process Parameter Model with PIDs (Control Variables) Open-Loop Model

M/G Power - Provided power profiles
Boost pressure M/G power Speed/load look-up table

Throttle position Engine speed/BMEP Speed/load look-up table
Pre-turbine pressure WG position WG position (PID)

3.2.2. Fixed Gear Vehicle Speed Transient Simulations

The purpose of this study was to represent the vehicle’s driving conditions and test the model for
a fixed gear (third) vehicle speed transient. For this reason, a driving resistance load of 30 Nm
was applied to represent the rolling resistance along with the flywheel’s inertia given by the
following formula:

Ieq = Ieq,eng + Ieq,prop + Ieq,axle + Ieq,veh, (3)

where Ieq is the total inertia (kg·m2), Ieq,eng is the engine’s inertia, Ieq,prop is the prop shaft inertia,
Ieq,axle is the axle inertia and Ieq,veh is the vehicle mass equivalent inertia, as shown in Figure 9.
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Figure 9. Schematic of total inertia applied to the engine.

The study was performed for four different levels of targeted BMEP, as shown in Figure 10,
representing the aggressiveness with which a vehicle’s pedal can be pressed. The tests were repeated
twice for different pre-turbine pressures, which were controlled by implementing a pre-turbine
pressure/WG PID controller.

 

Figure 10. Fixed gear vehicle speed BMEP tip-ins.

3.2.3. Energy Balance Simulations

The studies performed in the previous sections highlight the significant improvement on the
transient response time of the engine during load and speed tip-in conditions (see Results Section).
The work performed in this section investigates whether the power harvested by the generator is
enough to cover the motor demands. The energy balance study for a specific vehicle was conducted
for the following driving cycles with the pre-turbine pressure target set at 15% higher than the baseline
engine for the low to medium loads and 5% for the full load conditions:

1. New European Driving Cycle (NEDC): designed to represent the typical usage of a car in Europe,
but often criticized for delivering unrealistic economy figures.

2. Worldwide harmonized Light vehicles Test Cycle (WLTC): a harmonized driving cycle
representing realistic driving conditions data in different regions around the world, combined
with suitable weighting factors.

3. US06: representing aggressive, high-speed and/or high acceleration driving behaviour, rapid
speed fluctuations and driving behaviour following startup.

4. Combined driving conditions: including equal amounts of various realistic driving conditions,
such as low speed, start-stop, highway, motorway, uphill, downhill and dangerous
overtaking conditions.

The engine speed and BMEP demands for the four driving cycles are shown in Figure 11.
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Figure 11. Driving cycles conditions: (a) engine speed; (b) engine BMEP. NEDC, New European
Driving Cycle; WLTC, Worldwide harmonized Light vehicles Test Cycle.

4. Results and Discussion

The results of the simulation studies performed in this paper are categorized in a similar manner
to that of the Methodology Section.

4.1. Steady-State Analysis

4.1.1. Phase 1: WG Enthalpy Loss Study (Baseline Engine)

The results in Figure 12 show that the energy loss through the wastegate for the model with the
original size of compressor and turbine (Case 9) can reach the amount of 5 kW at high engine speeds
and loads. The amount of the potential energy dismissed at medium load and engine speed conditions
is of lower magnitude, up to 2 kW. At low loads and speeds, there is no wasted energy, as the WG is
completely closed.

 

Figure 12. Phase 1: DoE analysis of the waste-gated enthalpy loss for the different compressor and
turbine sizes; the blue line represents the maximum torque line of the baseline engine’s model as
provided by the manufacturer (λ < 1); the � symbols indicate data points; the

⊗
symbol indicates a

limit violation at specific points.
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Figure 12 highlights the effect of a smaller turbine and compressor on the amount of waste-gated
flow and the maximum power of the engine. As can be seen, a smaller compressor (Cases 7 and 8)
cannot provide the boosting requirements needed to achieve maximum engine’s power at medium
and high engine speeds. On the other hand, a smaller turbine (Cases 3 and 6) can slightly increase the
amount of waste-gated flow at medium engine speed and load conditions. However, a smaller turbine
leads to increased pre-turbine pressure, in some cases violating the maximum limit set, and reduces
the maximum torque of the engine.

4.1.2. Phase 2: Suppressing WG and Using e-Turbo to Control Boosting

Suppressing the wastegate of an engine leads to extremely high pre-turbine pressures at medium
to high loads. Figure 13 presents the pre-turbine pressures and peak engine torques achieved for
various turbine sizes and the wastegate valve closed. As shown from the figure, a turbine 30% larger
than the original size can provide or even increase the maximum power targets of the baseline engine
without violating the pre-turbine pressure limit. A torque deficit occurs at 1000 rpm, but this is mainly
due to a poor model convergence at this specific engine speed near the surge line and not the incapacity
of the engine to achieve the targeted torque.

 

Figure 13. Engine’s performance results for various turbines sizes and the wastegate completely shut:
(a) pre-turbine pressure; (b) engine torque.

The results in Figure 14 show that with this configuration, extremely high amounts of energy,
more than 15 kW, can be harvested at high engine speeds and loads. The system can harvest energy
up to 10 kW at medium to high engine speeds. However, as can be seen, the larger turbine results
in considerable amounts of energy that need to be provided by the motor for meeting, if possible,
the targeted maximum torque at low engine speed conditions. This is happening due to the lower
pre-turbine pressures and increased turbocharger’s inertia at a non-boosting area of the engine’s map.

The next stage in this phase was to investigate the potential of reducing the amount of energy
needs to be provided by changing the compressor’s size. For this reason, five different compressors
(multipliers of 0.8 to 1.2) were tested, and the results are presented in Figure 15.

It is clearly shown in Figure 15 that a small compressor could reduce the power level needs to be
provided by the motor from 0.6 down to 0.2 kW at 1600 rpm with no effect on the engine’s maximum
torque. However, a smaller compressor would also reduce the amount of energy that can be harvested
(from 18.5 down to 17 kW) at high engine speeds; but foremost, it would struggle to meet the maximum
engine’s torque demands.
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Figure 14. Phase 2: Motor-generator average energy for the case with original compressor, 30% larger
turbine and the WG valve completely shut; negative values indicate energy harvesting; positive values
indicate the need for energy provision; the blue line represents the maximum torque line of the baseline
engine’s model as provided by the manufacturer (λ < 1); the

⊗
symbol indicates limit violation;  

indicates energy provision area.

 

Figure 15. Effect of compressor’s size on average power and torque: (a) 1600 rpm; (b) 5800 rpm.

4.1.3. Phase 3: Reinstating WG to Control Exhaust Manifold Pressure

Turbine Size: WG Area Balance Study

The first part of this phase includes a DoE study for investigating the benefits on the engine’s
maximum power and energy recovery for a smaller turbine (multipliers less than 1.3) and the WG
valve open at different positions (smaller than the original model), as shown in Table 6.

Table 6. Phase 3: DoE analysis for different turbine sizes and WG areas.

Case
Turbine Size Compared to the

Original Model
WG Area Compared to the

Original Model

Turb×1.1–WG/2 10% larger 50% smaller
Turb×1.1–WG/3 10% larger 67% smaller
Turb×1.2–WG/2 20% larger 50% smaller
Turb×1.2–WG/3 20% larger 67% smaller

The results in Figure 16 show that with a 20% larger turbine (rather than 30%) and the WG valve
open at half the size as the baseline engine, maximum engine torque can be achieved. The smaller
turbine and the open WG reduced the maximum amount of energy harvested at high speeds from
18 down to 12 kW. However, the benefit on the low-speed side of the map was relatively low, as the
amount of energy that needs to be provided by the motor at 1600 rpm went from 0.6 down to 0.45 kW.
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Figure 16. Balance study for different turbine sizes and wastegate areas for meeting the baseline
engine’s maximum torque.

Smaller Turbine: Increased WG Area Study

Despite the fact that a large turbine allows energy harvesting within the pre-turbine pressure
limit at the high speed and load conditions, it also leads to low speeds and loads’ poor performance.
This could be theoretically resolved by implementing a small turbine and controlling the pre-turbine
pressure limits by increasing the wastegate area. The following DoE study results show the effects of
three compressors smaller than the original (multipliers of 0.7 to 0.9) and the WG area open at values
10% to 50% larger (multipliers of 1.1 to 1.5) than in the baseline engine.

The results in Figure 17 illustrate that a small turbine can lead to lower energy demands and power
generation at low speed/load conditions. However, the smaller the turbine, the higher the pre-turbine
pressures, which deteriorate the engine’s power output at full load conditions. By increasing the WG
area, the pre-turbine pressure drops, and therefore, the full load performance of the engine increases.
However, even a 10% increase in the WG area leads to high levels of energy requirements for meeting
the baseline engine’s power characteristics.

Figure 17. Phase 3: DoE analysis of the motor-generator average energy for different turbine sizes
and WG areas; negative values indicate energy harvesting; positive values indicate need for energy
provision; blue line represents the maximum torque line of the baseline engine’s model as provided by
the manufacturer (λ < 1);

⊗
symbol indicates limit violation;  indicates energy provision area.
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Smaller Turbine: Increased Pre-Turbine Pressure Study

The next study in phase 3 focuses on the effects of a smaller turbine with a reduced WG area
compared to the baseline engine for benefiting from a good energy balance across the low and high
load areas of the engine’s speed/load map. For this study, the WG area is controlled indirectly by
setting up a PID controller between the WG valve and the pre-turbine pressure. The targeted value
is the pre-turbine pressure, which is set to increased values of 5%, 10% and 15% (multipliers of 1.05
to 1.15) compared to the baseline engine, but always within the set pre-turbine pressure limit.

Figure 18 shows that for a 10% smaller turbine (multiplier of 0.9) than the baseline engine,
the e-turbo can harvest energy (up to 4 kW) at most points of the map, except the 1000 rpm speed,
where the results are not highly trusted due to non-convergence of the model. Although, the increased
pre-turbine pressure leads to increased energy harvesting levels, it also, as expected, reduces the
maximum power output of the engine. A 5% pre-turbine pressure increase leads to a 5% penalty
on the engine’s maximum torque, while for the case with the pre-turbine pressure set at 15% higher,
the torque penalty is around 10%.

 

Figure 18. Phase 3: DoE analysis of the motor-generator average energy for different turbine sizes and
pre-turbine pressures; negative values indicate energy harvesting; positive values indicate the need
for energy provision; the blue line represents the maximum torque line of the baseline engine’s model
as provided by the manufacturer (λ < 1); the

⊗
symbol indicates limit violation;  indicates energy

provision area.

Smaller Turbine: Variable Pre-Turbine Pressure Study

The previous study showed that with the right component sizing, energy harvesting could be
achieved across most of the speed/load map area of the engine. However, this leads to torque sacrifice
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at full load conditions. This penalty can be reduced or even eliminated by adjusting the targeted
pre-turbine pressure of the engine when running at full load conditions. The present study shows
the effects of various pre-turbine targeted values, larger and smaller than the baseline engine, to the
maximum power output of the engine and the average power harvested or that needs to be provided
by the motor-generator.

As is shown in Figure 19, at full load conditions, the maximum power output of the baseline
engine can be met by running the engine at the original pre-turbine pressures or slightly lower.
However, this leads to energy provision demands by the e-turbo of up to 2 kW. Higher power outputs,
which often work as selling points for automotive manufacturers, can be achieved by running at lower
pressures and providing significant amounts of power to the compressor.

 

Figure 19. Effect of pre-turbine pressure % change on: (a) engine’s torque at full load; (b) M/G
performance at full load; negative values indicate energy harvesting.

4.1.4. Overall Engine Efficiency

The overall efficiency of the baseline engine, which is calculated using the brake power achieved
over the total fuel power, can reach levels higher than 35% at medium to high load conditions. On the
other hand, the overall efficiency of the electrically-assisted turbocharged engine is given by the brake
power achieved plus the energy harvested or provided by the e-turbo divided by the total fuel power.
Figure 20 shows the comparison charts between the overall efficiency of the baseline engine and four
cases studied in Phase 2 and Phase 3 of the steady-state simulations.

It is evident in Figure 20 that the implementation of a motor-generator linked to the turbocharger
leads to an overall engine efficiency increase at medium and high loads and engine speeds for all of
the cases. The cases with a reduced turbine size (multiplier of 0.9) benefit from an increased overall
efficiency across the whole map. Finally, the high pre-turbine pressures show a significant effect on the
overall efficiency gain of the model.

By assessing the work presented in the three phases of the steady-state simulations, the ideal
engine layout can be summarized as shown in Figure 21.
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Figure 20. Absolute difference in overall efficiency between four different e-turbo configurations and
the baseline engine; negative values indicate efficiency loss; positive values indicate efficiency gain;
the area in red circle indicates non-convergence of the model: (a) model with 30% larger turbine and
WG completely shut; (b) model with 20% larger turbine and WG half opened compared to the baseline
engine; (c) model with 10% smaller turbine and 5% increased pre-turbine pressure compared to the
baseline engine; (d) model with 10% smaller turbine and 15% increased pre-turbine pressure compared
to the baseline engine.

 

Figure 21. Ideal component sizing for maximum power and energy harvesting.

4.2. Transient Analysis

The results in the steady-state simulations section demonstrated that a model fitted with a
motor-generator and a turbine 10% smaller than the original could provide energy harvesting and
thermal efficiency gain across the speed/load map of the engine. The transient behaviour of the model
with this configuration, an original size compressor and increased pre-turbine pressures were tested
by performing three different types of simulations.
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4.2.1. Load Step Transient

Model with PID Controllers

The load step transient study was repeated five times for 1600 and 1100 engine speeds by limiting
the amount of power (from 1 to 5 kW) provided as electrical assistance to the compressor, as shown in
Figure 22.

Figure 22. Limits and level of power provided to the compressor during tip-in transient: (a) 1600 rpm;
(b) 1100 rpm.

It is clear that the maximum power limit set for the 1100 rpm case exceeds the model requirement,
based on the current PID tuning, for achieving the fastest possible response.

The results in Figure 23 reveal that an electrical assistance of 1 kW can reduce the transient
response time of the engine by 70% while higher levels of power can lead to a reduction of more than
85%. As shown in Figure 23a, power levels of more than 3 kW have almost a negligible effect on the
response time of the engine. It is obvious by looking at Figure 23b that the improvement in response
time is due to the rapid increase of the turbocharger’s shaft speed. The fact that the initial shaft speed
is higher, as a result of the smaller turbine, also contributes to a fast transient change. Moreover,
Figure 23c shows that the electrical assistance provided to the turbocharger pushes the operation of
the compressor towards the right side of the mass flow/pressure ratio map, which leads to a more
efficient operation of the compressor.

Figure 23. Cont.
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Figure 23. Load tip-in results at 1600 rpm engine speed: (a) BMEP response time; (b) turbocharger
speed response time; (c) compressor performance.

On the other hand, the transient improvement at very low engine speeds is of higher magnitude,
as shown in Figure 24a,b. This happens due to the very low pre-turbine pressures occurring at
1100 rpm. Moreover, as illustrated in Figure 24c, the electrical assistance provided to the turbocharger
pushes the operation of the compressor towards the surge line of the map.

Figure 24. Load tip-in results at 1100 rpm engine speed; the two peaks highlighted in the red circle
are a result of the mass flow rate fluctuation when the throttle valve opens: (a) BMEP response time;
(b) turbocharger speed response time; (c) compressor performance.
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Open-Loop Study (No PID Controllers)

The open-loop study was performed for investigating the hardware capabilities without any
effects from the tuning of the PID controllers. Figure 25 reveals the importance of the initial level of
power, as well as the average power provided to the compressor. Cases with the maximum amount of
power provided during the first section benefit from the fastest response and highest BMEP levels.
On the other hand, Figure 25b shows that the power distribution is equally important as the average
power provided to the compressor for a fast transient response time.

Figure 25. Open-loop load tip-in results at 1600 rpm engine speed: (a) BMEP vs. time; (b) average
power vs. time to torque; colour and symbol categorization indicates the amount of power provided
during the first section.

4.2.2. Fixed Gear Vehicle Speed Transient

The results in Figure 26 illustrate the required time for increasing the vehicle’s speed from 1100 to
3000 rpm. As is expected, an aggressive tip-in leads to a fast vehicle speed transient. The pre-turbine
pressure has almost a negligible effect on the required time. The comparison between the e-turbo
and the baseline engine for the 2–16 BMEP shows the improvement in transient response for the
electrically-assisted model. On the other hand, the comparison for the 2–4 BMEP tip-in shows no
difference at all due to operating at the non-boosted area of the engine. Figure 26b demonstrates the
amount of energy provided or harvested by the motor during the transient period of interest. It is
clear that during the first phase of the tip-in, the motor provides a high amount of power (limited
to 5 kW) to the compressor for meeting the BMEP demands. Once the targeted boost pressure is
achieved, the e-turbo starts harvesting energy for most of the cases. The overall average energy
demand is negative (energy generation) for most of the cases, except the most aggressive one, as shown
in Figure 26b, where the BMEP is increasing for the whole duration of the transient as presented in
Figure 26c. The Brake-Specific Fuel Consumption (BSFC) of the engine is slightly deteriorated when
higher pre-turbine pressures than the baseline model are applied, as shown in Figure 26d.

Figure 26. Cont.
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Figure 26. Fixed gear vehicle speed transient results; % values represent pre-turbine pressure increase
compared to the baseline engine: (a) engine speed vs. time; (b) motor-generator power vs. engine
speed; (c) BMEP vs. time; (d) Brake-Specific Fuel Consumption (BSFC) vs. engine speed.

4.2.3. Energy Balance Study

The energy balance study was performed for the NEDC, WLTC, US06 cycles, as well as real
driving conditions cycles shown in the Methodology Section.

Figure 27 reveals that all of the driving cycles tested provide a negative average power, which
indicates energy harvesting. Energy is provided to the compressor during transient load and speed
conditions. The motor-generator is almost inactive when running at low to medium load steady-state
conditions. Finally, at extra-urban driving conditions, the generators can harvest a high amount
of energy. The average amount of energy harvested is highly dependent on the driving behaviour.
The combined driving conditions and the US06 cycle, which represents aggressive driving conditions,
demonstrated the maximum amounts of energy gain (6.6 and 5.9 kWh, respectively). The NEDC and
WLTC cycles that represent mild driving behaviour provided energy gains between 0.4 and 0.9 kW.

Figure 27. Average power provided/harvested by the motor-generator; negative values indicate
energy harvesting.

The fuel consumption of the model in transient mode cannot be highly trusted, as it may be
affected by the tuning of the different PID controllers used for the baseline and the electrically-assisted
models, as shown in Figure 28.
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Figure 28. Fuel flow mass flow rate comparison between e-turbo and baseline model for the WLTC
cycle; highlighted area indicates the disturbance of PID tuning on the accuracy of the results.

The obtained results for the transient cycles show that with the implementation of the
e-turbocharger, the fuel economy of the engine is deteriorated by up to 1.8% (Table 7) due to the
increased pre-turbine pressures. However, this fuel consumption increase is compensated by the
generated power of the e-turbocharger. The combined driving cycle demonstrates the maximum net
gain of 5.5 kWh, followed by the US06 cycle with 3.8 kWh. The WLTC is the only cycle that provides a
marginally negative energy gain when considering the increased fuel consumption.

Table 7. Fuel consumption difference between baseline and e-turbo models for various cycles; energy
gain = average power values − heat loss (Q) due to increased fuel consumption, Q (kJ) = Calorific
value of fuel (CV) (kJ/kg) × fuel (kg), CV of gasoline = 47,300 kJ/kg; * considering the increased
fuel consumption.

Cycle Difference (g/h) Difference (%) Energy Gain * (kWh)

NEDC −3.7 −0.12 +0.37
WLTC −66.4 −1.34 −0.03
US06 −161.3 −1.80 +3.78

Combined driving −81.8 −1.26 +5.52

5. Conclusions

The present paper provides a detailed theoretical analysis on the potential of e-turbocharging
to control load while providing energy recovery for increasing the overall system efficiency and if
possible replacing wastegate boost control. The initial results show that at medium to high loads,
significant amounts of enthalpy, up to 5 kW, are lost through the WG valve of a 2.0 L turbocharged
spark-ignition engine at medium to high loads. A significant amount of this enthalpy loss can be
recovered by the implementation of a motor-generator directly linked to the shaft of the turbocharger.

The study reveals that replacing the wastegate is only achievable when a 30% larger turbine is
used for non-violating the pre-turbine pressure limit of the engine. However, a large turbine leads
to very poor performance and energy provision needs at the low loads and speeds. A 10% smaller
turbine when combined with increased pre-turbine pressures was found to provide efficiency gains
and energy harvesting conditions across the whole area of the engine’s load/speed map. However,
this energy harvesting and efficiency gain come with a 5% penalty on the maximum power output of
the engine. Increased power outputs are still achievable by reducing the pre-turbine pressure (opening
the WG) and providing extra energy to the compressor.
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The transient response time of the electrically-assisted engine showed an improvement between
70% and 90% depended on the engine speed and the power provided to the compressor (~1 to
5 kW). Testing the system under various driving cycles showed that the average amount of energy
generated exceeds by up to 1 kW on average (6.6 kWh) the energy required by the motor during the
transient events. The e-turbocharged engine demonstrated a fuel deterioration of up to 1.8% during the
transient due to the increased pre-turbine pressures. However, this was compensated by the additional
generated power. The maximum net energy gain of 5.5 kWh when considering the fuel consumption
increase was for the combined driving cycle followed by the US06 cycle with a net gain of 3.8 kWh.

Finally, it needs to be mentioned again that none of the results presented in this study take into
account any electrical losses, such as alternator, converter and battery losses, which will obviously
reduce the net amount of harvested energy. Future work will include investigations on gasoline and
multi-turbo systems with a comprehensive turbine/compressor matching and the electrification of VGT
turbocharging systems. Finally, the simulation studies can be supported by experimental investigations
with actual hardware testing and e-turbocharger emulation studies (using an externally-boosted engine
transient facility located at the University of Bath) for a comprehensive in-cylinder combustion analysis.
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Abstract: Recently, the high-pressure fuel injection performance of common-rail direct injection
(CRDi) engines has become more important, due to the need to improve the multi-injection strategy.
A multiple injection strategy provides better emission and fuel economy characteristics than a normal
single injection scheme. The CRDi engine performance changes with the type of high-pressure
electro-mechanical injector that is used and its injection response in a multi-injection scheme.
In this study, a direct needle-driven piezo injector (DPI) was investigated, to optimize its actuation
components, including the plate length, number of springs, and the elasticity of the spring between the
injector needle and the piezo stack. Three prototype DPIs were proposed by this research. They were
classified as Type 1, 2, and 3, depending on whether the injector needle was hydraulic or mechanical.
Then, the optimal prototype was determined by conducting four evaluation experiments analyzing
the maximum injection pressure, injection rate, spray visualization, and real engine combustion
application. As a result, it was found that the Type 3 DPI prototype, with several pan-springs
and plates, had the highest injection pressure, a steady injection rate, and the fastest spray speed.
It also demonstrated the most effective emission reduction for a two-stage rapid spray injection in
a single-cylinder CRDi engine. The Type 3 DPI displays an increased elasticity from its hydraulic
needle that provides a synergy effect for improving DPI actuation.

Keywords: direct needle-driven piezo injector; high-pressure injection pressure; injection rate; spray
visualization; CRDi engine

1. Introduction

The combustion process in an automotive engine is never perfect and small amounts of more
harmful emissions are also produced in internal combustion engines. In order to reduce engine
emissions, modern automotive engines carefully control the amount of fuel that they burn. The thermal
efficiency of a combustion engine is defined as the relationship between the total energy contained in
the fuel, and the amount of energy used to perform useful work or generate kinetic energy. Carbon
dioxide (CO2) emissions, as a product of combustion by bonding the carbon in the fuel with the oxygen
in the air, are by far the largest amount of emissions produced by internal combustion engine vehicles.
Until recently, they were thought to pose no immediate threat to the environment and the health of
human beings. Therefore, CO2 has not been regulated in the same way as HC, CO, and NOx. However,
due to recent concerns about the increasing production of greenhouse gases and the increasing use of
fossil fuels, regulators have begun attempts to limit the release of CO2 and other greenhouse gases
into the atmosphere. The ICCT (International Council on Clean Transportation) [1] says that most
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developed countries have set CO2 emissions targets for new vehicles. Compared to the EU’s target
of 95 g CO2/km by 2020/2021, the US’s 97 g CO2/km by 2025 for passenger cars, Canada’s 97 g
CO2/km by 2025, China’s 117 g CO2/km by 2020, and South Korea’s 97 g CO2/km by 2020, illustrate
similar targets.

Recently, combustion engine vehicles with a high fuel economy have also been included as
eco-friendly vehicles that have less harmful impacts on the environment. In general, modern practical
engines are always compromised by trade-offs between different properties, such as efficiency, weight,
power, exhaust emissions, or NVH (noise, vibration, harshness). Sometimes, the economy not only
plays a role in the engine manufacturing cost, but also in the manufacturing and distributing of the
fuel. Increasing the engine’s efficiency produces a better fuel economy. Reduced exhaust emissions
have been strengthened in passenger cars and light duty trucks after EURO 1 was initiated in 1992.
Europe adopted EURO 6 in 2013, and it was applied in South Korea in 2014. Nitrogen oxides (NOx) of
80% and particulate matters (PM) of 60% are now more tightened than EURO 5. Some countermeasure
technologies have been developed for satisfying this regulation. Among them, clean diesel vehicles
and combustion engine-based hybrid electric vehicles have been studied, requiring a great deal of
high-tech concentration. Specifically, a common-rail direct injection system is at the core of clean
diesel technology. This makes it possible to pressurize above 200 MPa and then spray fuel into the
combustion chamber through an electro-hydraulic injector. This presents accurate and precise fuel
spraying using electronic control and is a great development for clean diesel engines.

Typical solenoid-driven and piezo-driven fuel injectors can generate a favorable response and
provide an effective injection in a common-rail direct injection system. These effects reduce exhaust
emissions and improve the combustion performance in a clean diesel engine. Therefore, a rapid
injector needle response and multiple injections are needed to obtain a high degree of freedom spray
strategy, in order to improve diffusion combustion with a higher air to fuel (A/F) mixing ratio, reduce
exhaust emissions, and increase engine performance. Research [2,3] has shown that five to seven
multiple injections and rapid On/Off switching of the injector hole by the needle can freely control
the shape of the injection rate. Daiji Ueda, etc., announced G4P (4th generation diesel piezo) injector
concepts, structures, and hydraulic performances, using a rectangular injection rate and shorter
multiple injection intervals. Also, they showed engine performance improvement results with G4P [2].
Arpaia, A., etc., reported that a numerical model for simulating a piezo indirect acting fuel injection
system under a steady state and transient operating conditions was conducted through a commercial
code [3]. Other papers [4], referring to the above result, showed that an injection mechanism with
a high-pressure performance reduces not only harmful PM exhaust emissions, but also the auto-ignition
combustion performance. However, the design of the piezo injector needs further improvement to
increase the response of the injector needle.

In this study, a direct needle-driven piezo injector (DPI) based on the Delphi product [5]
was considered to improve injection characteristics with a maximum injection pressure, injection
response, and manufacturing simplicity. For investigation, three steps were followed in this study: spray
visualization based on Mie-scattering, an injection rate measurement, and a compression ignition (CI)
combustion experiment based on a single-cylinder CRDi engine. DPI prototype design concepts focused
on an internal DPI constitution, depending on whether or not a hydrodynamic needle was used. This study
investigates the injection characteristics and combustion performance of three prototype DPIs, to obtain
practical results. The effects of the internal design structure of the direct needle-driven piezo-injector and
its optimal design parameters on the spray formation and CI combustion are discussed experimentally.

2. Experimental Apparatus and Procedure

2.1. Design Concept of Prototype DPIs

By using a solenoid coil or a piezo stack as an actuator, diesel injectors have recently been designed
in response to stringent emission regulations. A solenoid-driven injector, operated by peak and hold
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current control, is still commonly used for its cost effectiveness, reliability, and smaller unit size.
However, this type of injector is likely to exhibit an injection delay. Therefore, a number of studies [6,7]
have focused on the characteristics and injection flexibility of a piezo-driven injector.

A DPI directly utilizes a longer piezo stack to lift the needle for injections. The longer piezo stack
generates enough displacement for the lifting using an adapting amplifier located between the needle
and the piezo stack. The elongation generated by the piezo stack is used to directly control the needle.
During DPI operation, the piezo stack shrinks when its electric energy is discharged. This causes
the needle to move upward and reveal previously blocked injector holes. Then, high-pressure fuel is
injected through the injector holes. This allows the DPI to have a low fuel consumption by controlling
various injection rates. Therefore, as shown in Figure 1, the prototype DPI design concepts in this study
focused on the internal DPI construction with three types. Type 1 uses a needle body, a cylindrical shell,
and a spring. This type is simple to make, produces a good response, and reduces the unit cost. Type 2
consists of pan-springs, plates, a needle body, a needle cylindrical shell, and a small spring. There is
no cap to decrease the hydraulic influence and increase the needle response. Type 3 is constructed
without limiting the number of pan-springs and plates. It is designed using a needle that has a needle
body, a cylindrical shell, a spring, and cap. This design allows hydraulics to be used. This Type 3
design is used to analyze and study the injector influence by varying the number of plate springs and
pressure plates.
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Figure 1. DPI proposed by this study; (a) Three prototype DPIs, (b) Principle of the inverse
piezo-electric effect.

2.2. Experimental Apparatus and Methods

2.2.1. Maximum Injection Pressure Measurement

A 1.5 kW class 3-phase motor (Hyosung Co., Seoul, Korea) was used as a high-pressure injection
pump for a common-rail system. It can pressurize up to 200 MPa, in order to inject at the maximum
possible injection pressure, as listed in Table 1. A temperature sensor is placed inside the fuel tank to
automatically turn on and off the radiator and a cooling fan is used to keep the temperature constant.
As shown in Figure 2, the injection period and the injection pressure were controlled through the
common rail controller (Zenobalti Co., Model:ZB-9013, Daejeon, Korea) and the universal piezo injector
driver (Zenobalti Co., Model:ZB-6200, Korea).

 
(a) (b)

Figure 2. Fuel injection control system; (a) Common-rail controller, (b) Injector driver.
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Table 1. Experimental conditions for maximum injection pressure measurement.

Item Specification

Fuel ULSD(Ultra-Low-Sulfur Diesel)
Injection duration (μs) 1000

Injection pressure (MPa) 30~180

2.2.2. Injection Rate Measurement

There are two methods which can be used to measure the injection rate. The Zeuch method
obtains the injection rate after injecting fuel into the pressure vessel. With the Bosch-Tube method, fuel
is injected into the pipe to detect the pressure change in the injection rate meter. Then, the injection
rate is measured. In this study, the Bosch-Tube method was used [5]. The Bosch-Tube measurement
principle involves feeding the fuel into the pipe with a cross-sectional area A and selecting the fuel
control volume in the pipe flowing at the speed of sound as c, when the fuel in the pipe moves at
a speed of u. The characteristics of the fuel moving inside can be expressed as shown in Figure 3.
By knowing the sonic velocity and fuel density in the pipe and ascertaining the pressure change in the
chamber, the injection rate can be calculated.

 

Figure 3. Control volume in the pipe to measure the injection rate.

 
 

(a) (b) 

Figure 4. Injection rate measurement; (a) Injection rate measuring device, (b) Schematic diagram.

Table 2. Experimental conditions for measuring injection rate.

Properties Specification

Fuel ULSD
Tube length (m) 12.607
Tube area (m2) 1.6409 × 10−5

Injection pressure (MPa) 30~180
Duration (μs) 1000
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As shown in Figure 4, the injection rate measurement system consists of a measuring tube with
a length of about 12.6 m, needle valve, accumulator, pressure gauge, and regulator. The injector is
installed on the adapter in the injection rate measuring device and is connected to the common-rail to
supply high-pressure fuel. When fuel injection starts, the injection rate is measured by passing the
fluid through the pressure sensor (Kistler, Model:6052c, Winterthur, Switzerland) that is mounted on
the adapter. The experimental conditions for the injection rate are expressed in Table 2.

2.2.3. Spray Visualization Measurement

Spray visualization experiments were carried out in order to directly confirm the injection speed
and behavior for each prototype. In this study, a static chamber with a volume of 885 cc was used,
and images were taken with a high speed camera through a quartz glass window with a diameter
of 108 mm and a thickness of 50 mm. This experiment was conducted at a normal temperature
and pressure, and used a Bosch common-rail system. Since the prototype injector used in the
experiment was a piezo-driven type, it was controlled using a universal piezo actuation driver
(Zenobalti Co., Model:ZB-6200, Korea). Detailed specifications of the high-speed camera (Vision
Research, Model:Phantom V7.3, Wayne, NJ, USA) used in this study are shown in Table 3. Direct
lighting spray images were obtained using an 80 W LED light source. The experimental conditions
of the spray visualization experiment are shown in Table 4. Figure 5 shows a schematic and actual
picture of the injection test apparatus used in this experiment.

Table 3. Specifications of the high-speed camera.

Properties Specification

Model Phantom V7.3
Max. resolution 800 × 600

Sensor type 16 bit sensor
Max. PPS 500,000

Trigger source TTL signal
Memory 8 G DDR RAM

Table 4. Experimental conditions for spray visualization.

Properties Specification

Injection duration (μs) 1000
Injection Pressure (MPa) 120

Resolution (pixels) 320 × 320
Sample rate (frame per second) 25,000

Exposure (μs) 40
Ambient condition 1 atm. 300 K

(a) (b)

Spray Tip Penetration

Spray
Cone
Angle

5mm Spray Tip Penetration

Spray
Cone
Angle

5mm

Figure 5. Spray visualization measurement; (a) Visualization apparatus, (b) Definition of spray parameter.
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2.2.4. Real Engine Combustion System

The engine used in this study is a direct-injection type single-cylinder CI engine (Daedong Co.,
Model:ND10DE, Kyeongsan, Korea). Figure 6 shows the single-cylinder diesel engine system and its
specifications are given in Table 5. Table 6 shows the combustion test conditions for the single-cylinder
diesel engine. The emission performance of the most optimized DPI type and the conventional type
was analyzed by measuring the exhaust gas through an exhaust gas measurement system (Horiba,
Model:MEXA-554JKNOx, Kyoto, Japan). The main specifications of the exhaust gas measurement
system are shown in Table 7.

 

Figure 6. Experiment system of single-cylinder diesel engine.

Table 5. Main specifications of the single-cylinder diesel engine.

Properties Specification

Engine type Horizontal DI diesel engine
Bore × Stroke (mm) 95 × 95
Displacement (cc) 673
Compression ratio 18.0

Valve type SOHC (Single OverHead Camshaft) 2 valve
Combustion chamber type Reentrant bowl-in-piston

Table 6. Engine combustion test conditions.

Item Specification

Engine speed (rpm) 1200
Injection quantity (mg/stroke) 3, 7

Injection timing (BTDC) 5, 15, 20

Table 7. Specifications of the exhaust gas measuring device.

Item CO HC CO2 NOx O2

Measuring rage 0.00~10.00% 0~10,000 ppm 0.00~20.00% 0~5000 ppm 0.00~25.00%
Repeatability ± 0.06 ± 12 ± 0.5 ± 7 -

Measurement methods NDIR NDIR NDIR CLD CLD

Responsibility up to 10 s, 90% response
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3. Results and Discussion

3.1. Design Complexity and Specialized Knowledge in Needed for Each DPI Prototype

3.1.1. Type 1 DPI

In Type 1, the spring (70C hardened SW-C steel wire) was fabricated according to the wire
thickness, outer diameter, number of spring revolutions, and length. It was inserted into the injector
inner-body, and then the needle body and needle cylinder were also inserted. Experimental results
showed that there is no problem in spraying up to the available injection pressure of 120 MPa. However,
at 130 MPa, normal injection becomes intermittent. For this reason, the injector normally injected only
20 of the total injection signals.

As shown in Figure 7, each graph is divided into steel wire thicknesses of 0.7 mm and 0.8 mm. It is
shown that the production spring constant (K) increases toward the right of the X-axis, and the actual
number of injections continually increases. The reason for this is that the number of actual injections is
expected to increase as the spring stiffness and K increases. The spring with high K becomes harder
than the lower K springs, such that the pressure inside the injector provides the force to lift the injector
needle. It was found that the best Type 1 performance was achieved by the spring with a steel wire
thickness of 0.8 mm, outer diameter of 4.8 mm, five spring revolutions, and a length of 6 mm.

(a) (b)

Figure 7. Actual number of injections according to the thickness of the steel wire; (a) 0.7 mm, (b) 0.8 mm.

3.1.2. Type 2 DPI

As shown in Figure 8, the total number of leaf springs and pressure plates is specified as a
design parameter, and the needle part is assembled by inserting the needle body, cylinder, and
spring. The number of leaf springs was reduced by one and three cases were analyzed. As shown in
Figure 9, the Type 2 needle configuration allows fluid to move more freely than the conventional type.
When hydraulic pressure is used in the conventional type, the needle moving distance is amplified
and the needle can move with a small pressure force. However, the injection responsiveness is
considered to be slow. Therefore, the design purpose of Type 2 is to increase the injection responsiveness
by allowing pressured fluid to flow freely without hydraulic pressure, by taking advantage of the
mechanical characteristics.

Case 2-1 in Figure 8 has an available maximum injection pressure of 130 MPa, as shown in
Figure 10. The injection pressures of Case 2-2 and Case 2-3 were about 100 bar lower than Case 2-1.
It was found that the available maximum injection pressure can be obtained, depending on the number
of leaf springs. If one leaf spring in Type 2 is absent, the force for lifting the needle under CR high
pressure is insufficient. However, when two leaf springs are provided, it becomes possible to lift the
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needle with a greater force, due to the increase in the elastic force. It is considered that the elastic force
in the design of Type 2 is determined by the number of leaf springs.

Figure 8. Detailed designs of Type 2 DPIs.

 
(a) (b)

Figure 9. Comparison of needle configuration; (a) Type 2, (b) Conventional Type DPI.

Figure 10. Comparison of the maximum injection pressure of Type 2 DPIs.

3.1.3. Type 3 DPI

As shown in Figure 11, the Type 3 internal structure was analyzed by eight cases with different
combinations of pressure plates and leaf springs, including the same nozzle configuration as a
conventional type. In Type 3 DPIs, it was found that the available maximum injection pressure
was 180 MPa in all cases, except Cases 3-3 and 3-6 in Figure 12. In Case 3-3 with 800 bar and Case
3-6, the pressured fuel leaked and the fuel spray could not be measured. It was thought that Case
3-3 did not inject more than 800 bar, due to the absence of a plate spring for amplifying the piezo
stack force, as seen in the Type 2 DPI. Unlike Case 2-3 of Type 2, the reason for not injecting under
120 MPa is that there is not enough elasticity to use the needle’s hydraulic pressure. This indicates that
when there is not a large enough elastic force, it is advantageous to spray only when using the needle
mechanically, without any hydraulic pressure. In Case 3-6, the difference between Case 3-6 and Case
3-4 is the thickness of the pressure plate. The thickness of the thick pressure plate is 0.65 mm, and the
thickness of the thin pressure plate is 0.3 mm. The total length of the variables, excluding the length of
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the needle and piezo stack, is 1.95 mm for Case 3-4 and 1.6 mm for Case 3-6. Therefore, it was found
that the minimum length inside the injector must exceed 1.6 mm.

For Type 3 DPI Cases that have an injection performance of up to 180 MPa, spray images were
acquired by a high-speed camera and the spray speed was compared, as shown in Figure 13. As known,
the spray speed was derived by the definition of the spray tip penetration and spray cone angle, with
the edge defined as a line of 80% transmittance of back-light in the raw spray images. It was found that
Case 3-8 had the best spray performance with an average speed of 107.3 m/s, an observed-maximum
speed of 144 m/s, and an SOI (start of injection) value of 80 μs. The observed-maximum speed in
this study means that the spray has not reached the real maximum speed because the bore size of
the test engine used in this study is 95 mm, as shown in Table 5, which is about the same as the 100
mm diameter disk shown in Figure 5b. In other words, the high speed camera shoots the fuel stream
until it reaches the end of the disk and identifies the highest speed. When the fuel is injected into the
cylinder, it is blocked by the inner wall of the cylinder and the maximum speed is not fully achieved in
the real spray chamber.

In some Type 3 DPIs, as the elasticity increases, the needle movement is amplified and its moving
speed increases. Therefore, it can be expected to have a good effect on two- or multi-injection schemes
that are favorable for enhancing the air-fuel mixing rate of the diffusion combustion in the CI engine.

Case 3-1 (leaf spring 2, thin plate 1, thick plate 1) Case 3-2 (leaf spring 1, thick plate 2) 

Case 3-3 (thick plate 3) Case 3-4 (leaf spring 2, thick plate 1) 

Case 3-5 (leaf spring 2, thin plate 2) Case 3-6 (leaf spring 2, thin plate 1) 

Case 3-7 (leaf spring 2, thin plate 3) Case 3-8 (leaf spring 3, thin plate 1, thick plate 1) 

Figure 11. Detailed designs of Type 3 DPIs.

Figure 12. Comparison of the maximum injection pressures of Type 3 DPIs.
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Figure 13. Comparison of the spray speed results in Type 3 DPIs.

3.2. Comparison and Evaluation of Prototype DPIs

The following prototype DPIs were selected to compare the injection performance, spray, and
combustion characteristics. (1) The Type 1 DPI has a 0.8 mm thick steel wire spring with an outer
diameter of 4.8 mm, spring rate of five, and a length of 6 mm; (2) For the Type 2 DPI, Case 2-1 (two leaf
springs + one thick pressure plate + one thin pressure plate) was selected; (3) For the Type 3 DPI,
Case 3-8 (three plate springs + one thick pressure plate + one thin pressure plate) was selected.

3.2.1. Comparison of Maximum Injection Pressure Results

The maximum injection pressure with the representative Types 1, 2, and 3, is shown in Figure 14.
The Type 3 DPI showed the highest injection pressure at 180 MPa. It was found that the hydraulic
application required to build up needle movement is an essential element to obtain an injection
performance at high pressures, over 130 MPa. As a result, it can be said that the Type 3 DPI prototype
has a similar injection performance to the conventional type DPI, and it has a better flexibility for
designing the internal structure of a direct needle-driven piezo-injector.

Figure 14. Comparison of the maximum injection pressure for representative Type 1, 2 and 3 DPI.

3.2.2. Comparison of Mie-Scattering Spray Image Results

In this study, LED back illumination for Mie-scattering was applied to make the initial liquid spray
to full development spray visible. This enabled an accurate SOI determination and simultaneously
measured the initial liquid portion of the spray. Additionally, this Mie scattering technique is suited to
the spray characteristics in cold conditions, where there is insignificant vaporization [8,9]. The spray
image was taken with an exposure time of 38 μs at a resolution of 320 × 320 pixels in 25,000 pps by
a high-speed camera.
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Figure 15 and Table 8 show the comparative results of the spray speeds with four different DPIs.
The Type 1 and 2 DPI had observed-maximum speeds of 91 m/s and 104 m/s, respectively, with an
average speed of 59 m/s and 67 m/s. In comparison to the conventional type, Types 1 and 2 have
slower spray speeds and a slow SOI response of 200 μs. It is known that the motion condition of a
DPI needle is highly affected by the response parameter [9]. Generally, this shows that the use of
hydraulic pressure for needle movement enhances the response performance. In this study, Type 1 and
2 DPIs with the needle only being controlled by a mechanical mechanism, without the use of hydraulic
pressure, at about 80 μs, would be slower than the conventional type in terms of the SOI response.
In particular, by considering the internal actuation structure of Type 2 and the conventional type DPI,
it can be seen that the plate spring and the pressure plate are key factors influencing the determination
of the spray characteristics.

Figure 15. Comparison of spray speed with various DPIs.

Table 8. Comparison of spray characteristics with various DPIs.

Item Type 1 Type 2 Type 3 Conventional Type

Max. speed (m/s) 91 104 113 103
Ave. speed (m/s) 59 67 80 69

SOI (μs) 200 200 80 120

Conventional Type DPI

 

80 s 120 s 280 s 320 s 
Type 3 DPI (as a representative prototype)

80 s 120 s 280 s 320 s 

Figure 16. Comparison of Mie-scattering spray image between conventional type and Type 3 DPI.
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In the case of the Type 3 DPI, the observed-maximum spray speed is 113 m/s, the average
speed is 80 m/s, and the SOI response is 80 μs. This value means that the Type 3 DPI has a fast
needle movement, since about 40 μs would be faster than the conventional type DPI. In other words,
the Type 3 DPI needle is able to start fuel injection at 80 μs, but the conventional type DPI is still closed,
maintaining a needle state until the SOI timing is 120 μs.

As shown in Figure 16, there is an obvious difference in the spray characteristics with time after
the start of the injection. As stated previously, the Type 3 DPI had a faster needle opening than the
other three DPIs, so it displayed a rapid spray behavior until obtaining a full development spray.
It is clear that the actuation structure of a direct needle-driven injector significantly affects the initial
spray shape. This is due to hydraulic internal flow dynamics within the DPI nozzle. Therefore, when
the needle response is relatively high, the spray tip fuel penetration increases in the liquid phase
spray characteristics.

3.2.3. Comparison of Injection Rate Results

Figures 17 and 18 compare the injection rate results between Types 1, 2, 3, and the conventional
type DPI. To confirm the reliability of the injection rate meter, the injection rate obtained from the
meter used in this study was first validated with reference data from Delphi [10]. It was observed that
the injection quantity of the Type 1 DPI is 3.14 mg, which is relatively smaller than Type 2 or Type 3,
as shown in Table 9. Since the spring constant K is relatively higher than the leaf spring, the length of
the compressed spring is shortened when the needle is lifted, so the distance of travel of the needle in
the Type 1 DPI is also shortened, and the injection quantity is expected to be reduced. In the case of
Type 2, the injection amount is high after the start of injection, but then falls sharply. Compared to
Type 3, the end of the injection (EOI) of the Type 2 DPI occurs early and pressured fuel moves freely in
the needle. So, the Type 2 DPI has a higher injection rate than other DPI types, until it reaches the EOI.
This is a key cause of decreasing injection quantity due to the quick closing operation.

Figure 17. Comparison of the injection rate with various DPIs.

Table 9. Comparison of the injection quantity with various DPIs.

Type 1 Type 2 Type 3

Quantity (mg) 3.14 3.53 3.56
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Figure 18. Comparison of the injection rate between conventional type and Type 3 DPI.

However, the Type 3 DPI showed a more stable and sufficient injection rate than Type 1 and 2
DPIs. The shape of the injection rate of the Type 3 DPI is relatively horizontal and the fuel injection lasts
for the longest time. This means that the Type 3 DPI has a favorable degree of freedom for controlling
the injection amount and the injection shape in real injection mapping processes.

Figure 18 shows a comparison of the injection rates between the conventional type and the Type 3
DPI. As can be seen from this graph, the conventional type shows a shorter start of injection than
Type 3. However, as compared with the results of Table 10, the injection rate and injection quantity
do not show much deviation. This opinion is based on using a different observational method for
the injection rate measurement system and the spray visualization measurement system. Moreover,
the first “injection signature” marked with one circle in Figure 18 was detected for the Type 3 DPI.
They show an almost equal injection performance, even if the Type 3 DPI has more simple structures
in the design processes of the direct needle-driven piezo injector.

Table 10. Comparison of injection quantity between conventional type and Type 3 DPI.

Conventional Type Type 3

Quantity (mg) 3.51 3.56

(a) (b)

Figure 19. Comparison of HC and NOx emissions between conventional type and Type 3 DPI;
(a) 7 mg/stroke (injection quantity) and BTDC 10 CA (injection timing); (b) 3, 7 mg/stroke (pilot/main
injection quantity) and BTDC 15, 5 CA (pilot/main injection timing).
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The effect of the injection rate on combustion is discussed in Section 3.2.4. It predicts that the
Type 2 DPI has a higher NOx emission due to its higher injection quantity at the beginning of the
combustion. It can be inferred that the Type 3 DPI might have the advantage of multiple injections,
because the test results indicated that it had a lower injection delay and faster injection start, with
a higher initial injection quantity. Therefore, a pilot injection strategy was applied and described,
as shown in Figure 19b.

3.2.4. Comparison of Engine HC and NOx Emission Results

Figure 19 shows the diesel engine experimental results using the same conditions applied in
previous chapters. The speed of the engine was maintained at 1200 rpm, and the injection timing
was set to BTDC 10 CA in a single injection case and BTDC 15 CA and 5 CA in a two-injection stage
(pilot/main) injection case. The fuel injected was 3 mg and 7 mg with the pilot and main injections,
respectively. This was done to maintain the total fuel mass with the single injection experiment.
By fixing the pilot injection timing at BTDC 15 CA, it was observed that the combustion characteristics
and performance were influenced by the injection timing of the main injection. First, it was observed
that HC and NOx emissions for the conventional type and the Type 3 DPI were different, regardless of
single and two-injection stages. As shown in Figure 19a, in the case of the Type 3 DPI at the injection
quantity of 7 mg/stroke, the HC emission increased by about 8 ppm, but the NOx value decreased
by about 23 ppm, which is more than 50% lower than the conventional type DPI. However when the
injection timing of BTDC 10 CA differs for the two-injection stage, as shown in Figure 19b. The NOx

emission value is about 109 ppm, which is about 4.5 times more than the difference. The reason for
this is that when the injection angle of the conventional type DPI is small, the injector response is
relatively slow and any special distinction between the pilot injection stage and the main injection
stage is not clear. Therefore, it is expected to have a similar effect to that of injecting at the injection
stroke. Conversely, Type 3 can exhibit low NOx emission values with a relatively fast injection response
and spray speed. This shows that HC and NOx emissions are significantly reduced in a two-stage
injection scheme. The premixed combustion phase and the mixing controlled combustion phase were
mostly affected by the injection rate, as stated in Section 3.2.3. It was observed that most of the fuel
was injected rapidly following the injection signal at BTDC 15 CA, due to the characteristics of the DPI,
a fast SOI, and a high injection rate. Therefore, the premixed combustion phase was promoted. Also,
the rest of the remaining fuel was injected after the ignition. Therefore, the combustion was continuous,
until the controlled combustion phase. As a result, the air-fuel mixture was saturated, and some fuel in
the cylinder was not able to participate in combustion, remaining in an unburned condition. Later, the
unburned fuel was used in the late combustion phase. Therefore, a multiple injection strategy could be
advantageous in combustion performance assessments. In this sense, a Type 3 DPI specified as Case
3-8 (three plate springs + one thick pressure plate + one thin pressure plate) is a very useful measure
for a FIE (fuel injection equipment) system in a newly clean CRDi diesel engine.

4. Conclusions

In this study, a direct needle-driven piezo injector (DPI) based on the Delphi product was
considered to improve injection characteristics, including: a maximum injection pressure and injection
response, and manufacturing simplicity. The effects of the injection response and spray characteristics
on CI combustion emissions were investigated with three concept designs, in order to ascertain the
optimal DPI actuation structure for a clean CRDi diesel engine. First, a maximum injection pressure
test and a Mie-scattering spray visualization with a high-speed camera were carried out, to compare
the realizable criteria for the prototype DPIs. Second, injection rates based on Bosch tube method were
applied for each prototype DPI and compared with a conventional type DPI. Finally, diesel engine
experiments were carried out to investigate HC and NOx emissions, and to investigate the engine
adaptability and combustion performance of the Type 3 DPI prototype. This approach led to the
following conclusions:
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(1) In internal design structure for a useful DPI needle response, it is very difficult to apply a high
injection pressure over 130 MPa if the hydraulic pressure required to excite the needle’s initial
state is not applied. From the maximum injection pressure test, it was concluded that a high DPI
injection pressure depends on the number of leaf springs. If the leaf spring is not present, the DPI
can’t spray more than 180 MPa, due to a lack of elasticity. As the number of leaf springs increases,
the elasticity increases.

(2) Type 1 and 2 DPI prototypes were conceptually designed with non-hydraulic needles. Therefore,
they were able to spray up to a maximum injection pressure of 130 MPa. Type 1, with an internal
coil spring, had a high spring constant K, which a shortened needle distance of travel and
a reduced injection value. Type 2 had the highest injection rate due to free needle movement.
However, the Type 3 DPI, with an optimal number of pan-springs, plates, and needle structure for
available hydraulics, had a maximum injection pressure of 180 MPa and advantageous degrees
of freedom for controlling the injection value and injection rate with a simpler structure in the
design process for a direct needle-driven piezo injector.

(3) In the spray visualization experiment, the Type 3 DPI showed the fastest spraying speed and
responsiveness at an average speed, the observed-maximum speed, and the maximum SOI
response. As a result, the key factor influencing the spray characteristics is whether the DPI plate
spring and the pressure plate of the needle are controlled by a mechanical mechanism only, or by
hydraulic pressure.

(4) For the injection rate, the Type 3 DPI had a faster injection rate, which corresponded to the
visualization results. Furthermore, by looking at the slope of the injection rate at the beginning
and end, the Type 3 DPI had a relatively horizontal slope, and fuel injection lasted the longest.

(5) In diesel engine experiments, relatively high fuel injection rates for the Type 3 DPI prototype
generated un-burned emission gases such as HC. However, it had a lower injection delay and
faster injection start, with a much higher initial injection quantity. Therefore, it is expected
to demonstrate a great advantage for multi-stage injections, where a rapid response and the
spraying speed are subdivided.
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Abstract: Cutting edge experiments and thorough investigations have pointed out that radial
components affect the needle lift of diesel nozzles. So far, the effects of such needle “off-axis”
have been investigated within the nozzle and immediately downstream from the hole outlet. Here,
the focus has been extended to the spray ambient, far outside a multi-hole VCO (Valve Covered
Orifice) nozzle. A reference off-axis configuration of the needle has been defined and used to
investigate its effects on the spray, in terms of hole-to-hole differences. Indeed, the spray alterations
due to the needle position have been addressed for those factors, such as the velocity-coefficient
CV and the area-coefficient CA, able to describe the nozzle flow behavior under needle off-axis.
The investigation has been based on 3D-CFD (three-dimensional computational fluid dynamics)
campaigns. The modeling of diesel nozzle flow has been interfaced to the Eulerian–Eulerian
near-nozzle spray simulation, initializing the break-up model on the basis of the transient flow
conditions at each hole outlet section. The dense spray simulation has been on-line coupled to the
Eulerian–Lagrangian modeling of the dilute spray region. Quantitative results on each fuel spray
have been provided (in terms of penetration and Sauter Mean Diameter). The range of variability
within the spray characteristics are expected to vary has been found and reported, providing reference
information for lumped parameter models and other related investigations.

Keywords: diesel spray; needle off-axis; hole-to-hole spray differences

1. Introduction

Tracing the evolution of the multi-hole nozzles used in direct injection diesel engines, VCO (Valve
Covered Orifice) layout was introduced with the advent of the first generation of common rail injectors,
replacing the mini-sac layout. This step allowed the substantial reduction of unburned hydrocarbons
emission. In fact, the fuel remaining inside the injector tip is released after the end of injection [1];
very recent studies are better focusing the causes of the so called “injector dribble”, whose impact on
emission is becoming crucial [2]. The implications of in-nozzle phenomena at the early beginning and
after the end of injection have been related to pollutant emission and to deposit formation within the
holes. In such a scenario, where low lifts and short injection shots are usual, some recent contributions
have concerned the phenomenology of the very early phases of injection [3], of the primary atomization
of the liquid [4] and of the phases in which fuel is trapped in the holes and in the sac at the beginning
and at the end of injection [5].

Significant efforts have been devoted at comparing sac and VCO nozzles, focusing the attention
on the internal nozzle flow, on the rate of injection and on the spray behavior [6–8]. Besides some
advantages, the major drawback of the VCO layout is represented by the irregularities of the spray
that occur at low needle lift; these abnormalities assume relevance because they are related to the
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formation of particulate matter [1]. At the time of the introduction of the VCO layout, this aspect had a
relatively little importance, since low needle lift was the only operating condition of pilot injections.

The introduction of multiple-injection technique was complemented by the wide adoption of
micro-sac geometries. These geometries resulted in being more suited to the characteristics of the
second generation injectors (in the compromise between the reduction of unburned hydrocarbons and
particulate matter). Indeed, the multiple-injection strategies have required a significant improvement
of the injector dynamics, which was also translated into a substantial reduction of the maximum
needle lift. Since the needle was located to work almost always at low lift (ballistic displacement),
the micro-sac layout represented a better compromise than the VCO layout in producing regular
sprays, with low formation of particulate matter [9] and low release of unburned fuel, in agreement
with the emission regulations at that time.

As highlighted by the latest research activities [10], the release level of unburned fuel typical of
micro-sac nozzles is no longer tolerable, according to the trend of unburned hydrocarbons emission
regulation. From this viewpoint, the VCO design will predictably be reassessed and developed
again [11,12], in order to minimize the content of liquid fuel that is trapped when the needle is closed.
In the light of this, it is believed that investigations on behavior of VCO nozzles under real operating
conditions represent an interesting and significant topic.

The abnormal behavior of the spray produced by the VCO nozzle has been observed by several
investigators. The VCO-spray features reported in the literature show differences in the macroscopic
characteristics among the fuel jets. The differences relate to the spray penetration and to the spray
angle [13,14]. If the presence of significant defects of the nozzle is excluded, this behavior suggests
that the fuel flows through each hole in a particular way. After the first experiments carried out
on sprays from VCO injectors, investigators had suggested that the spray abnormalities were due
to the misalignment of the needle during injection; the misalignment had been considered capable
of significantly influencing the fuel flow pattern at the hole inlet section; indeed, in VCO nozzles,
the needle remains in the immediate proximity of the inlet section of the holes for the whole injection
event [14,15]. The super-accurate design and manufacturing of the nozzles, provided with expensive
double guides for the needle in some cases, has been the main technical approach that enabled
VCO-injector manufacturers to stabilize the behavior of the spray as much as possible.

Some experimental investigations based on X-ray techniques have confirmed that needle
displacement is affected by major radial oscillations [16]. The experiments have later also allowed for
detecting the amount of needle movement in the radial direction [17].

In agreement with these findings, further contributions and simulation campaigns were carried
out to quantify the influence of the needle misalignment on the distribution of the fuel flow out of each
hole. The results reported in the literature have highlighted that the flow field upstream of the holes
is directly affected by the needle position during injection. In more detail, the position of the needle
determines the flow characteristics at each hole inlet, influencing the downstream fuel flow [18–20].

The current experimental techniques allow for making a very fine analysis both on the needle
displacement during injection and the internal multiphase nozzle flow [21]. Equally advanced are the
techniques developed for the diagnosis of the spray [22] features.

In principle, the link between the needle alignment and the characteristics of each spray could be
simultaneously studied by combining nozzle and spray diagnostics. Unfortunately, research activities
that combine the two types of analysis are not yet reported in the literature.

The 3D-CFD (three-dimensional computational fluid dynamics) is the only practical way to
consider, step by step in time, the link between what happens inside the nozzle and what happens
outside; this work is oriented in this direction, and the aim is to observe in what measures the off-axis
position of the needle is reflected by the spray anomalies, quantifying and delimiting the differences
that could be expected due to the off-axis movement of the needle; according to the aforementioned
motivations, the study considers a VCO layout.
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In the first phase of the work, the reference nozzle geometry and the reference injection event
have been identified. Subsequently, the 3D-CFD simulation approach has been defined, relying on the
modeling of the internal nozzle flow; once characterized, it has been interfaced to the spray simulation,
initializing the primary break-up model on the basis of the transient flow conditions at each outlet
section of the multi-hole VCO nozzle. Among the possibilities, the spray modeling has been based on a
coupled Euler–Lagrangian approach, whose features have recently been reported in the literature [23].
The simulations have been carried out in FIRE™ environment [24] (by AVL List GmbH, Graz, Austria).
The following section describes the relevant assumptions and the details of the proposed approach.
The results section reports the main points of investigation; and the conclusions are discussed in the
last paragraph.

2. Materials and Methods

2.1. Reference Nozzle and Off-Axis Configuration of the Needle

The reference VCO layout for the investigation has been identified among the real applications,
yet preserving the general validity of the study. The choice fell on a commercial six hole nozzle that
equips the second generation electro-injectors (injection pressure up to 1600 bar) in the automotive
field (cylinder displacement in the range of 500 cm3). Once defined, the real nozzle has been
sectioned and optically investigated (Figure 1); thus, the internal geometry has been digitalized
to allow the construction of the computational grids. The relevant nozzle features are reported in
Table 1. The simulations have been extended to a half-sector of the whole geometry, decreasing
the computational costs, thanks to the plane-symmetry of the implemented off-axis configuration
(as described in the next paragraph).

 

Figure 1. Internal view of the investigated nozzle and computational nozzle grid.

Table 1. Specifications of nozzle layout.

Nozzle Layout

Nozzle type VCO 1

Number of nozzle holes 6
Hole diameter (mm) 0.175

Length to diameter ratio 5.7
Hole plane angle (deg) 156

1 VCO: Valve Covered Orifice.
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The nozzle flow simulation considers the operation of the needle under ballistic conditions;
the adopted operating condition of the needle reflects the multiple-injection strategies, where low
lifts and short injection shots are usual. The purely axial needle lift law is obtained by means of a
lumped-parameter mechanical-hydraulic model of the complete electro-injector. The model has been
built in the LMS Amesim environment [25] (by Siemens AG Digital Factory, Nurnberg, Germany), and
it has been experimentally validated in terms of Rate of Injection (ROI), transient pressure signal at
injector inlet and cumulative injected mass. ROI measure is based on the well-known Bosch Tube
system [26], in which the pressure wave is measured by means of a piezo-resistive pressure sensor
(4067-type by Kistler, Winterthur, Switzerland). The same sensor is used to measure the pressure signal
at injector inlet, and the cumulative mass of 1000 injection shots has been measured by analytical
balance. The complete information about the model and its validation is reported in [27]. The adopted
needle lift curve and the related test conditions are reported in Figure 2.

Injection pressure 1400 bar 
Injection duration 0.88 ms 

Spray chamber pressure 7 bar 
Spray chamber temperature 393.15 K 

Fuel type ISO 4113 

Figure 2. Needle displacement time traces (left); test conditions (right).

The grid of the nozzle body is structured and made of hexahedral elements. The hole grids are
structured as well, and they are connected to the nozzle body through arbitrary grid interfaces. Such a
meshing approach allows for adopting identical grids for the holes. Different meshing approaches
are possible, such as the Cartesian cut cell method [17], but the same mesh topology for each hole
is not guaranteed. Therefore, the adopted meshing approach is viewed as a good practice in the
attempt to avoid hole-to-hole grid dependencies. The modeling of needle displacement in the current
CFD analysis is based on “mesh deformation”, which consists of the use of a mesh-set to reproduce
the needle displacement step-by-step. In such an approach, some cell layers undergo a deformation
according to the needle displacement at each simulation time-step and never change in number.
To prevent the adoption of extremely small cells at a near-zero needle lift, the approach proposed
in [17] has been adopted, so that a minimal gap has been used (4 μm, which correspond to about
2.2% of the maximum lift). It has to be noted that the cell layers in the gap at minimum lift, made of
hexahedral elements, have orthogonal faces; during the needle lift, the cells of the layer are deformed,
with a well-tolerated skewness level at maximum lift. The nozzle computational grid and the relevant
details are visible in Figure 1.

2.2. Off-Axis Displacement of the Needle

As reported in [17], the off-axis displacement is due to needle oscillations during the injection;
these have been identified as cantilever-type vibrations of the needle with respect to the needle guide,
which is located upstream of the tip. Separate analysis of x and y motion components (assuming the
needle is lifting along z) revealed that these lateral oscillations are quite often in-phase. Moreover, it
has been evidenced that the oscillation occurs mainly on one side of the nozzle and the needle tip
does not move back to the opposite side, crossing the centerline. In [17], the attention is focused on
relatively long injections (2 ms), in which a specific needle wobble profile has been considered, with
the needle performing three oscillation peaks in the x-plane. Since these lateral oscillations are purely
mechanical in nature, the oscillation period is independent from injection duration [28]. In the current
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investigation, as the considered injection shot is shorter, the occurrence of just one oscillation peak is
assumed. According to [17], it is assumed that the needle performs a pure two-dimensional translation,
starting from the closing position; the radial component affecting the needle displacement has been set
as a percent (8%) of the maximum vertical displacement (Figure 2, left).

As shown in the scheme of Figure 3, the needle displacement is along a straight direction,
represented here by the A-B line. The A-B line and the axes of two opposite holes (N1 and N4) lie in
the same plane. As visible, hole N1 is the most approached by the needle, whereas the other N4 is in
the opposite condition. Thus, in the case of N1 and N4, the off-axis displacement allows for evaluating
the influence of the needle proximity to the hole during the injection. In the case of N2 and N3, the
off-axis displacement alters the proximity and also the symmetry of the needle towards the axes of the
holes (N2 and N3). In summary, the current off-axis needle displacement has been chosen to realize a
different configuration between the needle and each of the four holes, as evidenced by Figure 3 (right).

Figure 3. Off-axis needle displacement (cantilever-type) (left); adopted scheme for off-axis displacement
(translation along A-B line) (center); displacement influence on the hole inlets (right).

2.3. Modeling Approach

The adopted concept of the coupling among the nozzle flow, the Eulerian and the Lagrangian
spray models is shown in Figure 4 (left). The first, independent, simulation step is the transient nozzle
flow simulation, taking into account the three-dimensional needle movement and cavitation effects;
for certain discrete time steps (360 in the current analysis), the flow data of the bulk liquid and the
vapor phase at each orifice outlet are stored on a data file providing the boundary conditions for the
dense spray simulation, in agreement with the conclusions reported in [29], where this approach is
outlined as appropriate when evaluating the effects of asymmetries in multihole nozzles. The dense
spray region is simulated with the Eulerian spray approach, whereas the dilute spray is based on the
DDM (Discrete Droplet Method)–Lagrangian approach.

  

Figure 4. Simulation approach based on coupling among models (left); scheme of Control Volume
intersection between elements belonging to the Near-Nozzle mesh and to the Spray Volume mesh (right).
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2.3.1. Coupled Eulerian–Lagrangian Spray Simulation

On the modeling of spray process, the most of the strategies falls into the aforesaid two basic
formulations: the Eulerian–Lagrangian (EL) and the Eulerian–Eulerian (EE) methods. Compared to the
EL method, the EE method is suitable for calculation of flows with higher droplet concentration [30],
whereas the other approach is appropriate in the simulation of the diluted spray region. Here, the EL
and EE methods are used in combination. In the light of the contributions reported in the literature,
the combination of EE and EL methods is placed in the frame of two coupling approaches; these are
the “ELSA model” (Euler Lagrange Spray Atomisation) [31–35] and the “ACCI server” (AVL Coupling
Code Interface) [36–39].

In the ELSA methodology, the Eulerian spray is treated as a single-phase flow represented by a
liquid-gas mixture. By means of additional transport equations for the liquid mass fraction and the
liquid surface density, the spray atomization is modeled; if the spray is dilute enough, Lagrangian
spray parcels are initiated.

In the current work, the approach based on the ACCI server is adopted, where the coupling
between Eulerian and Lagrangian spray is achieved as follows. The dense spray is calculated with
the Eulerian spray approach in a separate simulation client, on a highly resolved computational
grid representing the near nozzle region. In the second simulation client (here, the spray-volume
ambient), the Lagrangian approach is used for the dilute spray modeling. Indeed, the computational
grid of the spray-volume client covers the entire simulation domain, including also the Eulerian
spray region. Thus, an overlapping region is defined, in which the simulation is performed on both
clients. The interactions between the gaseous and the liquid phases in the Eulerian spray simulation
are transferred as source terms to the spray-volume client simulation. The data transfer between
the simulation clients is managed via the ACCI server. The coupled simulation starts with the
computational initialization of both simulation clients; the fluid properties are determined and the flow
field of the Lagrangian client is initialized. The first exchange event taking place is the initialization,
when the initial gas flow field of the Eulerian spray client is fully determined by the initial flow field of
the Lagrangian client. The three velocity components—pressure, enthalpy, species mass fractions and
turbulence transport quantities—are mapped and transferred via the server. The other exchange events
are determined by the simulation time steps of the clients. Data exchange from the Lagrangian to the
Eulerian spray client is performed to obtain the flow field boundaries of the Eulerian spray simulation;
at every exchange event, the 3D flow field of the Lagrangian client is mapped onto the boundary
surface of the Eulerian spray client. Data exchange in the other direction occurs due to the interaction
between droplets and gas. Drag forces introduce source terms in the momentum conservation equation;
mass exchange from evaporation causes sources in the continuity and species transport equations.
In the overlapping domain, the gas phase flow field is calculated on both simulation clients. Thus, the
source terms from the phase interactions in momentum, mass and energy conservation equations as
well as the sources from the species transport equations are transferred from the Eulerian spray to the
Lagrangian client. This means that, although there is no liquid phase in the overlapping domain of the
Lagrangian client, the gas phase is fully encountered by the interactions with the droplet phases.

The liquid droplets leaving the Eulerian spray client initiate the spray parcels at the Lagrangian
client. Conservation of liquid mass, momentum, energy and number of droplets are required criteria
for the interface. The algorithm for creating new parcels by fulfilling the conservation criteria is based
on the idea that a new parcel is created, if the accumulated liquid mass of a droplet phase exceeds a
certain mass threshold. The preparation of new spray parcels is fully calculated by the Eulerian spray
client; the interface server sends the parcel initialization data to the Lagrangian client where the new
parcels are introduced. A loop over all droplet phases and over all open boundary faces is performed
for every time step to check the droplet mass leaving the domain.

Since different meshes are used for the near-nozzle and spray ambient simulations (according to
the scheme of Figure 4 (right)), the source terms mapping is performed in a conservative manner using
weighting factors. For extensive attributes, such as mass or momentum sources, weighting factors w fex
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are calculated from the intersection volumes between the two client domains, as shown in Equation (1).
For example, the mass source term S in a control volume of the spray mesh is calculated from all values
in the control volumes in near nozzle mesh, as shown in Equation (2). In the case of intensive attributes
such as mass fraction, velocity, pressure or temperature, where attributes do not depend on the size of
control volumes, and the weighting factors w fin are defined as shown in Equation(3):

w fex =
CVNN−SV

CVNN
, (1)

SSV = ∑
s

w fexSNN , (2)

w fin =
CVNN−SV

CVSV
. (3)

2.3.2. Near Nozzle Eulerian Spray Modeling

The Eulerian spray modeling is based on a multiphase method [40]. The gas and the liquid
are treated as interpenetrating continuous phases, characterized by their volume fraction in the
control volume. A number n of phases is considered. The first (n = 1) is the gaseous one, and
it represents the gas and the fuel vapor in the spray ambient. The other phases (n = 2, . . . , n−1)
represent the droplet size classes, whereas the phase n is the bulk liquid phase preceding the break-up
process. For each phase, the set of conservation equations is solved separately. Mass—Equation (4),
momentum—Equation (5) and enthalpy—Equation (6) conservation equations for the phase k are
reported in the following. On the right hand side of each equation, there are the exchange-terms
Γkl , Mkl , Hkl (mass, momentum, enthalpy) between the phases k and l; these are the terms that contain
the physics of the spray. The left-hand side of each equation is made of two terms, the rate of change
and the convective transport of the phase flow property. The volume fraction of each phase must fulfill
the compatibility condition, Equation (7):

∂αkρk
∂t

+∇·(αkρkvk) = ∑n
l=1, l �=k Γkl , (4)

∂αkρkvk
∂t

+∇·(αkρkvkvk) = −αk∇p + ∇·αk
(
τk + τt

k
)
+ αkρk f + ∑n

l=1, l �=k Mkl + vk ∑n
l=1, l �=k Γkl , (5)

∂αkρkhk
∂t +∇·(αkρkvkhk) = ∇·αk

(
qk + qt

k
)
+ αkρk f ·vk + αkρkθk + αkτk : ∇vk + αk

dp
dt ∑n

l=1, l �=k Hkl + hk ∑n
l=1, l �=k Γkl , (6)

∑n
k=1 αk = 1. (7)

The Eulerian spray model is framed in the RANS (Reynolds-averaged Navier-Stokes) approach,
with k-epsilon closure. The Eulerian–Eulerian spray model here adopted has been extensively validated
against experimental data, as reported in [39], concerning atomization and evaporation process, and
in [23] concerning reactive cases.

2.4. Primary Break-Up

2.4.1. Core Injection Approach under Nozzle Flow Local Information

The primary break-up rate in the spray domain considers two independent mechanisms and
is determined by the liquid turbulence in the nozzle orifice and by the aerodynamic conditions in
the spray region. According to this approach, the turbulent fluctuations in the liquid jet create the
initial perturbations on the surface. These grow under the action of aerodynamic pressure forces until
they detach as atomized droplets. The coherent liquid core region at the nozzle exit, where primary
break-up occurs, is calculated from a mass balance at the volume elements of the liquid core. The liquid
core itself is modeled through a blob-injection scheme, in which the blob diameter is constant and
the blob number varies according to the mass loss due to primary break-up. The determination
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of mass loss from this region is based on the rate-approach dR/dt, where dR/dt is viewed as the
artificial-radius change of the assumed blob injection. The rate dR/dt is an artificial dimension for
the mass loss because the number of blobs decreases while the blob radius stays constant. In the
current scheme, such a concept is applied locally, by means of the separate multi-phase nozzle flow
simulation (Figure 5, left). For each “j” face of the nozzle orifice, the rate dRj/dt is calculated from the
two-phase nozzle flow simulation; the atomization length scale LA,j is equal to the turbulent length
scale LT,j as reported in Equation (8). The turbulent length-scale LT,j and the atomization time scale
τA,j are determined locally for each j face. The expression for LT,j is given by Equation (9), whereas the
expression for the local atomization time scale τA,j is given by Equation (10):

dRj

dt
=

LA,j

τA,j
, (8)

LT,j = C2Cμ

k1.5
j

εj
, (9)

τA,j = C1τT,j + C3τW,j. (10)

The local turbulent time scale τT,j is calculated from Equation (11) and the local aerodynamic time
and length scale, τW,j and LW,j, are calculated according to Equation (12):

τT,j = Cμ

kj

εj
, (11)

τW,j =
LW,j√

ρ1ρN|VN− V1|2
(ρN+ρ1)

2 − σ
(ρN+ρ1)LW,j

and LW,j = 2LT,j. (12)

The local diameter of the product droplets resulting from this model is proportional to the
turbulent length scale, Equation (13):

Dd,j = 2LT,j. (13)

The adopted model gives different break-up rates dRj/dt and different product droplet diameter
for each face of the nozzle orifice. Each face of the orifice determines the break-up rate on an idealized
blob injection surface; therefore, the local rate of change dRj/dt is mapped onto the corresponding
blob surface and represents a certain fraction of the mass loss (Figure 5, right).

 

Figure 5. Assignment of orifice cells to primary break-up rate of continuous liquid phase (left); local
nozzle flow conditions influence on primary break-up rate at the blob (right).

The target phase of the liquid droplet phases is determined by the local product droplet diameter
Dd,j. These droplet diameters are sorted into five different predetermined droplet size classes [39].

The primary break-up mass rate per unit volume from the bulk liquid phase (N-phase) into the
droplet phase k, ΓP,Nk is computed according to Equation (14), where αN is the volume fraction of
N-phase, Anozz is the surface area of the entire nozzle orifice and Ai is the local surface area of each
face in the nozzle orifice.

.
MN,j denotes the local primary break-up mass transfer rate per blob surface
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and is determined by Equation (15). The function δk (Dd,i) results from the sorting process of the local
primary break-up rate values, and it is either one or zero. If the local droplet diameter Dd,i belongs to
size class k, and the function δk (Dd,i) is one; otherwise, it is zero:

ΓP,Nk =
6αN

DN

norifice

∑
j=1

Aj

Anozz

.
MN,jδk

(
Dd,j

)
= −ΓP,kN, (14)

.
MN,j = ρN

dRj

dt
= ρN

LA,j

τA,j
. (15)

2.4.2. Lagrangian Spray Modeling

The injection process in the current investigation has been modeled within a quiescent
spray-chamber (7 bar pressure) in non-evaporative conditions (393.15 K). The domain is the same in all
simulation cases and it is built on polar symmetry, where the nozzle axis is in the central position. In the
near tip region, in all the tested cases, the mesh is built with the same resolution of the nozzle hole,
and it gradually widens as the distance from the hole increases. The spray calculation is based on the
Discrete Droplet Method (DDM); the k-ε turbulence closure for the RANS-equations solution has been
adopted. The WAVE model [41] has been used to simulate the droplet secondary break-up process,
assuming that the growth of an initial perturbation on a liquid surface is linked to its wavelength
and to other physical and dynamic parameters of the injected fuel and the fluid domain. The particle
interaction model based on the statistical approach proposed by O’ Rourke [42] has been adopted.

2.5. Multiphase Nozzle Flow Modeling

The internal nozzle flow is simulated through the Eulerian multi-fluid method, Equations (4)–(7).
In the current application, the flow is supposed to be isothermal and comprises n = 3 phases, namely,
the liquid fuel, its vapor and air. The flow model is based on the RANS approach with k–ζ–f turbulence
closure model, with a standard wall function. The turbulent stresses in the continuous phases are
computed by adding to the standard turbulent viscosity a bubble-induced viscosity term, according to
the Sato model [43]. The interfacial exchange terms, relevant for cavitation between liquid and fuel
vapor, are represented by the mass- and momentum-exchange terms, which take into account the
microscopic effects at the interface between the phases. Concerning the mass exchange term between
liquid fuel and vapor, the non-linear form of the Rayleigh–Plesset equation is used to describe bubble
growth dynamics. The interfacial momentum exchange (between liquid fuel and vapor) is modeled
taking drag and turbulent dispersion effects into account, while neglecting inertia and lift effects.
The drag model on the bubbles uses drag coefficient CD, based on spherical shape and is dependent on
Reynolds number. The turbulent mixing process between phases relies on the momentum interaction
at the interface, which induces turbulence production on the liquid phase through the Sato model [43].
The state of bubble diameter is a function of position and time (poly-dispersed diameter); coalescence
due to turbulent random collisions, breakup (induced by turbulent impact) and bubble generation due
to cavitation are the mechanisms taken into account. The complete mathematical description of this
approach in the modeling of multiphase nozzle flow has been published and can be found in [44,45];
these authors also report the model validation against several reference flows.

2.6. Cavitation Model Assessment

The cavitation model adopted for the current investigation and the related settings have been
assessed simulating two reference cases, i.e., the experiment proposed by Winklhofer et al. [46]
and the more recent experiment proposed by Sou et al. [47]. As recently reported in [19], many
other contributors [48,49] have considered the experiment of Winklhofer as a significant reference
case. This experiment is based on the investigation of an optically accessible channel (inlet section
0.300 × 0.301 mm; outlet section 0.284 × 0.301 mm; 1 mm length, 0.02 mm inlet curvature radius).
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During the experimental research, the inlet pressure was fixed (10 MPa), at a uniform fuel temperature
of 300 K, whereas the outlet pressure was adjusted in order to obtain the required flow rate. The same
technique has been applied in the simulations. Figure 6 (left) shows the computational grid used in the
cavitation model assessment; it represents 1/4th of the real channel geometry, thanks to symmetry of
domain. The flow behavior of the throttle has been positively tested in several operating points. On one
side, the hydraulic prediction has been found to be good agreement with experiments, as visible in
Figure 6 (right) and in Table 2, which reports the details of mass flow rate in the conditions evidenced
by [46] (cavitation incipience—Point A, critical cavitation—Point B and super cavitation—Point C).
On the other side, the cavitation patterns related to the three fundamental conditions, as evidenced
in [46], have been consistently reproduced, as reported in Figure 7; it has to be explicitly mentioned
that the cavitation patterns observed by Winklhofer were fluctuating, due to the highly turbulent flow
environment and they have been obtained by an ensemble averaging process of a set of twenty images
taken under the same operating conditions.

Figure 6. Computational grid used to model the experiment of Winklhofer et al. [46] (left); mass flow
within the throttle channel (right).

Table 2. Mass flow conditions in throttle channel.

Conditions
Cavitation Start (A) Critical Cavitation (B) Super Cavitation (C)

Experiment Model Experiment Model Experiment Model

Pressure
difference (bar) 57.0 57.0 65.0 65.0 80 80

Mass flow (g/s) 7.21 7.1 7.72 7.60 7.72 7.63

Figure 7. Cavitation at throttle flow conditions (A, B, C); simulated cavitation regions (left); experiment
of Winklhofer et al. [46] (right); CS: cavitation start; CC: critical cavitation.

Moving to the second assessment phase, the experiment of Sou [47] has been reproduced by
simulation. The experiment consists of a flow through a transparent channel allowing the visualization
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(based on Laser Doppler Velocimetry) of cavitation incipience and development. In the experiments,
a water flow is produced. The discharge ambient is kept at a constant pressure (ambient pressure)
and the inflow condition is varied to realize different flow regimes, represented by the mean liquid
velocity (Vn) in the channel. The incipience and the development of cavitation is well reproduced by
the simulation, as indicated by the contours of liquid mass fraction shown in Figure 8. The quantitative
comparison between the experiment and the simulation is reported in Figure 9, where the available
data on velocity profile provided by Sou [47] are compared with the simulations. The trends are
referred to three different axial locations along the throttle axis, as evidenced by the sketch of throttle
layout of Figure 9. Good agreement has been found in all of the cases.

   

 

Vn = 10.1 m/s Vn = 10.6 m/s Vn = 12.8 m/s Vn = 14.4 m/s Vn = 15.4 m/s LVF (-) 

Figure 8. Cavitation at throttle flow conditions; simulation LVF (-) (liquid volume fraction) (right);
Experiment of Sou et al. [47] (left), cavitation inception at black circle.

 

z = 1.5 

z = 3.0 

z = 6.0 

Figure 9. Velocity profiles in the nozzles at Vn = 12.8 m/s [47].
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2.7. Grid Sensitivity Tests and Spray Model Assessment

Once the cavitation model is validated, a thorough pre-computation procedure has been
performed to find the best computation settings on the used grids; the effect of local refinements
has been evaluated as well. The tested grid types and the adopted cell number are listed in Table 3.
In the same table, the mass flow rate differences among the nozzle flow tests are reported. Figure 10
reports the graphical results in terms of the velocity profile and cavitation development, when adopted,
and the most refined nozzle grids are compared.

Table 3. Grid properties and adopted refinements.

Injector Nozzle

mesh type min cell number max cell number adopted cell number
Hexahedral-structured 195,500 3,800,000 490,000

Mass flow rate % difference
during refinement tests 7.4% more 1.6% less reference case

Near nozzle region

mesh type min cell number max cell number adopted cell number
Hexahedral-structured 11,760 687,000 94,080

Spray volume

mesh type min cell number max cell number adopted cell number
Hexahedral-structured 54,230 372,000 105,984

Figure 10. Velocity field contours and cavitation patterns in the case of the adopted and finest nozzle grid.

Since the spray model is used to chase the hole-to-hole spray differences, a crucial check in the
current investigation is to assess the penetration dependence on computational grid refinement.
Figure 11 (left) reports the trends obtained for the hole N1, depending on the refinement of
spray domains.

Figure 11. Penetration dependence on spray-domain refinement (left); spray model assessment against
“ECN Spray-A” reference case (right).
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The spray model capability has also been assessed against experimental data; Figure 11 (right)
reports the comparison between experimental and simulated penetration lengths, referring to “ECN
Spray-A” case [50], Table 4.

Table 4. Spray-A conditions.

Rail Pressure
(MPa)

Ambient Pressure
(MPa)

Ambient
Temperature (K)

Nozzle Number Fluid

150 6 900 210677 N-C12-H26

2.8. Non-Dimensional Coefficients

To allow the comparison among the holes, the results of the nozzle CFD model have been lumped
in non-dimensional parameters that qualify the flow at each outlet section [45]. In the adopted scheme,
Equation (16), the liquid-phase mass flow rate (mr) passes through an effective area (Ae) with a uniform
velocity (ve); thus, vena contracta and cavitation affect the flow reducing the geometrical area (Ag) to
the effective one (Ae). Considering an ideal flow, the theoretical velocity vt, Equation (17), is defined by
means of a Bernoulli equation, assuming negligible velocity at the inlet section. The theoretical mass
flow passing through the geometrical nozzle outlet section (Ag) is given by Equation (18). The first
non-dimensional parameter is the discharge coefficient, CD defined as follows (Equation (19)):

mr = ρl Aeve, (16)

vt =

√
2
(

Pinj − Pback
)

ρl
, (17)

mt = ρl Agvt, (18)

CD =
mr

mt
. (19)

In order to isolate the area from the velocity contribute, the discharge coefficient is viewed as the
product of two further non-dimensional parameters CV and CA, Equation (20):

CD = CA. CV, (20)

CV =
veff
vt

, (21)

CA =
Aeff
Ag

. (22)

3. Results

3.1. Hole-to-Hole Difference on Spray Penetration

As a first step in analyzing the results, it has been checked whether the off-axis of the needle
is tied to significant differences on the spray; accordingly, the penetration trends over time for each
nozzle hole have been observed. The penetration distance is defined as the distance along the spray
axis to the boundary of the spray, according to [51]. The curves of Figure 6 originate at time zero ASOI
(After Start Of Injection) and reach the penetration of 0.01 m at different times. Incidentally, up to
0.01 m, the spray is in the Eulerian–Eulerian domain; when droplets exceed this limit, they are taken
over by the Eulerian–Lagrangian simulation. The spray emerging from the hole N2 is the slowest, both
in the Eulerian tract for the half part of the Lagrangian tract. Referring to the off-axis configuration of
Figure 3, the comparisons were made in couples, first N4 and N1, then N2 and N3 and finally the pair
N1–N3; the related trends, in terms of percentage differences, are shown in Figure 12 (right).
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Figure 12. Spray penetration of simulated sprays (left); % penetration difference among the sprays (right).

Since the opening of the nozzle up to 0.1 ms ASOI, spray N4 prevails over spray N1; this difference
decreases rapidly, vanishes in 0.11 ms ASOI and reverses back, up to more than half of the injection
process. In the closing phase, the spray N4 returns to prevail on the spray N1 but with a more limited
deviation to what occurs at the opening (3% versus 18%).

During the opening, the pair N3–N2 behaves likewise to the pair N4–N1, with the prevalence of
N3 on N2, but, thereafter, the difference, while decreasing, does not fade and 0 is not reversed.

The trend of the pair N1–N3 shows the spray N1 below N3, but not in the period between 0.11 and
0.2 ms ASOI.

A graphical evolution of the spray shape, accompanied by the cut view of the nozzle flow, is
reported in Figure 13; even if the thorough analysis of the flow structures within the nozzle is beyond
the aim of the current contribution, it is desirable to focus on how the penetration dispersion among
the holes is reflected by the shape of the spray plumes; the asymmetry of velocity and cavitation
patterns is clearly evident.

Figure 13. Shape of the four sprays (numbered according to Figure 3) and cut views of the internal
nozzle flow.

3.2. Hole-to-Hole Differences for Spray Sauter Mean Diameter (SMD)

Time trends of the global SMD (Sauter Mean Diameter) for different sprays are shown in Figure 14,
while maintaining the same comparison method based on couples seen in the previous paragraph.
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Figure 14. SMD (Sauter Mean Diameter) of the spray versus time (left); % difference on SMD among
the sprays (right).

With reference to the pair N4–N1, from the opening up to 0.21 ms ASOI, spray N1 shows
significantly higher SMD values. The behavior is reversed for a short period, up to 0.42 ms ASOI, after
which the spray N4 returns to exhibit lower SMD, with percentage differences within 5%.

The trend of the pair N3–N2 sees much lower initial values for the spray N3, but the behavior is
reversed in 0.24 ms ASOI. The SMD of spray N2 assumes the values of the other cases throughout the
rest of the injection, about 15% below N3.

The pair N1–N3 still highlights the high SMD value of N3, which exceeds N1 as low as 0.21 ms
ASOI with differences very close to 20%.

3.3. Flow Features at the Outlet of the Holes

In the interpretation of the spray behavior seen previously, the trends of discharge-coefficient CD,
velocity-coefficient CV and area-coefficient CA have been obtained for each hole, based on the 3D-CFD
nozzle flow modeling. Maximum value of CD is encountered when the needle is at maximum lift, and
it is limited slightly below 0.3. According to [6], such a value could be expected for the same conditions
in terms of pressure but at lower needle lift. Here, the obtained value reflects the geometrical features
of the considered nozzle; indeed, the configuration of the needle closing passage in the modeled nozzle
is able to influence the flow even at relatively high lift values, affecting the flow rate significantly.

Up to 0.2 ms ASOI, the hole N2 is characterized by the lesser fuel delivery, Figure 15. In this time
interval, the flow rate is penalized by both coefficients CV and CA, shown in the graphs in Figure 16.
This indicates that, in the initial stages of injection, the fluid reaches the output section of hole N2 with
relatively low velocity and that the section of the hole is moderately active. The trends of Figure 13
reflect this scenario; the intensity of cavitation at the outlet section is relatively moderate (the liquid
volume fraction is relatively high) in addition to the turbulence kinetic energy. In this initial period
of the injection process, the mass flow rate is affected by an evident irregularity, which is slightly
reproduced in the closing phase of injection. Such a behavior is in agreement with what was found
in [17], and it is typically due to the flow perturbations induced by the needle eccentricity.

After 0.2 ms ASOI, the behavior of hole N2 changes. The trend of discharge coefficient CD is
modified and from 0.4 ms ASOI becomes similar to that of N1 and N4 cases. The trend of the liquid
fraction is similar to those of the other holes, except in the closing phase, where an increase is visible,
accompanied by similar deviations of turbulence kinetic energy and CA coefficient.
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Figure 15. Nozzle hole discharge coefficient Cd and mass flow of injected liquid phase.

Figure 16. Nozzle hole velocity coefficient CV (left), nozzle hole Area coefficient CA (right).

The discharge coefficient CD of hole N3 is relatively high during the initial stage of the injection,
in contrast to what was seen in the N2 case. The velocity coefficient CV is aligned to the values of the
other cases and the area coefficient CA indicates a relatively good utilization of the hole area. The liquid
fraction reaches the lowest value at about 0.1 ms ASOI (Figure 17), and the trend of turbulence
kinetic energy is relatively high with downward concavity. This scenario changes at 0.3 ms ASOI.
The discharge coefficient CD starts decreasing significantly (Figure 15), due to the drop of CV and CA

(Figure 16).

Figure 17. Liquid volume fraction at nozzle hole outlet section (-) (left); turbulent kinetic energy at
nozzle hole outlet section (m2/s2) (right).

The N1 and N4 holes show slight differences in mass flow rate (Figure 15) and the needle off-axis
effects are better highlighted by the trends of coefficients CA and CV (Figure 16). The coefficients
indicate that the outlet velocity at hole N4 is higher; this factor does not significantly increase the mass
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flow since it is balanced by the reduced utilization of the geometric section of the hole, due to stronger
cavitation. Indeed, the trends of Figure 17 show the lower liquid fraction at the exit section of hole N4,
compared to the case N1.

4. Conclusions

The current study showed that the lack of homogeneity in the mass-flow distribution is certainly
a key factor behind the spray irregularities, but also that it is not the only one. In fact, even when the
same discharge coefficient is found among the holes, irregularities are observed among the far sprays.
The irregularities have been evidenced by the dispersion of penetration among the different orifices,
and they have been addressed to the nozzle configuration by analyzing the flow features in terms of
non-dimensional parameters. The velocity-coefficient CV and the area-coefficient CA have been found
to provide valuable information to completely represent the flow conditions at nozzle outlets when
needle off-axis is encountered.

The 3D-CFD modeling retains major relevance in the determination of these coefficients, due to
the difficulties that would arise by the experimental techniques. In this scenario, the coupling with the
spray models is the crucial step to quantify the differences that cannot be assessed only through the
analysis of mass flow rate distribution.

From the industrial viewpoint, the current study made it possible to identify the range of
variability that can be expected from the VCO nozzles, in the typical operating conditions of common
rail systems (ballistic needle displacement and reduced lift), and the range of variability within the
spray characteristics, expected to vary, has been defined. In the current case, these ranges have been
found on the order of 15% for penetration and in the order of 20% for global SMD; following the same
approach, these ranges can be identified for other specific injectors and operating conditions.

The values of CV and CA coefficients can be taken as a reference in further investigations
(three-dimensional, multi-zone, or lumped-parameter based), in order to explore the effects of spray
non-idealities on the engine performance, on the combustion behavior and, more generally, on those
cases affected by sensitivity to the spray characteristics.
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Nomenclature

Roman Description (Unit)
k,l Eulerian class index
∇p pressure gradient (Pa/m)
f body force vector (N/m3)
h specific enthalpy (J/kg)
Mk,l momentum exchange term between phase k and l (N/m3)
Hk,l heat flux vector (W/m2)
t time (s)
dt calculation time step
WF weighting factor
v velocity vector (m/s)
Greek Description (Unit)
α volume fraction (–)
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θ enthalpy volumetric source (W/kg)
ρ density (kg/m3)
τ shear stress tensor (N/m2)
Гk,l mass exchange term between phase k and l (kg/(m3 s))
ε turbulence dissipation rate (m2/s3)
Subscripts Description
k phase index
ex extensive property
in intensive property
NN near nozzle
SV spray volume
Superscripts Description
t turbulent index
Abbreviations Description
ASOI after start of injection
3D-CFD three-dimensional computational fluid dynamics
CV control volume
DDM discrete droplet method
RANS Reynolds-averaged Navier-Stokes
SMD Sauter mean diameter
VCO valve covered orifice
LVF liquid volume fraction

1. Stan, C. Direct Injection Systems for Spark-Ignition and Compression-Ignition Engines; Society of Automotive
Engineers (SAE): Troy, MI, USA, 2000.

2. Eagle, W.E.; Musculus, M.P.B. Cinema-Stereo Imaging of Fuel Dribble after the End of Injection in an Optical
Heavy-Duty Diesel Engine. In Proceedings of the Thiesel Conference on Thermo and Fluid Dynamic
Processes in Direct Injection Engines, Valencia, Spain, 9–12 September 2014.

3. Crua, C.; Heikal, M.R.; Gold, M.R. Microscopic imaging of the initial stage of diesel spray formation. Fuel
2015, 157, 140–150. [CrossRef]

4. Ghiji, M.; Goldsworthy, L.; Brandner, P.A.; Garaniya, V.; Hield, P. Analysis of diesel spray dynamics using a
compressible Eulerian/VOF/LES model and microscopic shadowgraphy. Fuel 2017, 188, 352–366. [CrossRef]

5. Papadopoulos, N.; Aleiferis, P. Numerical Modelling of the in-Nozzle Flow of a Diesel Injector with Moving
Needle during and after the End of a Full Injection Event. SAE Int. J. Eng. 2015, 8, 2285–2302. [CrossRef]

6. Bermúdez, V.; Payri, R.; Salvador, F.J.; Plazas, A.H. Study of the influence of nozzle seat type on injection
rate and spray behavior. Proc. Inst. Mech. Eng. Part D J. Automob. Eng. 2005, 219, 677–689.

7. Salvador, F.J.; Carreres, M.; Jaramillo, D.; Martínez-López, J. Comparison of microsac and VCO diesel injector
nozzles in terms of internal nozzle flow characteristics. Energy Convers. Manag. 2015, 103, 284–299. [CrossRef]

8. Moro, A.; Zhou, Q.; Xue, F.; Luo, F. Comparative study of flow characteristics within asymmetric multi hole
VCO and SAC nozzles. Energy Convers. Manag. 2017, 132, 482–493. [CrossRef]

9. Chiatti, G.; Chiavola, O.; Recco, E.; Palmieri, F. Soot Particles Experimental Characterization during Cold
Start of a Micro Car Engine. Energy Proced. 2016, 101, 662–669. [CrossRef]

10. Eagle, W.E.; Musculus, M.P.B. Image-Based Correlation of Engine Operating Parameters with Occurrence
and Duration of Diesel Fuel Injector Dribble. In Proceedings of the Oral Communication at SAE World
Congress 2015, Detroit, MI, USA, 21–23 April 2015.

11. Mitroglou, N.; Gavaises, M.; Arcoumanis, D. Spray Stability from VCO and a New Diesel Nozzle Design Concept;
Fuel Systems for IC Engines; IMechE: London, UK, 2012.

12. Chiatti, G.; Chiavola, O.; Palmieri, F. Diesel Nozzle Flow Investigation in Non-Radial Multi Hole Geometry,
ASME Paper 5556. In Proceedings of the 2014 Internal Combustion Engine Division Fall Technical Conference,
Columbus, IN, USA, 19–22 October 2014.

13. Bae, C.; Kang, J. Diesel Spray Development of VCO Nozzles for High Pressure Direct-Injection.
SAE Tech. Pap. 2000. [CrossRef]

107



Appl. Sci. 2017, 7, 375

14. De Risi, A.; Colangelo, G.; Laforgia, D. An Experimental Study of High-Pressure Nozzles in Consideration
of Hole-To-Hole Spray Abnormalities. SAE Tech. Pap. 2000. [CrossRef]

15. Oda, T.; Hiratsuka, M.; Goda, Y.; Kanaike, S.; Ohsawa, K. Experimental and Numerical Investigation about
Internal Cavitating Flow and Primary Atomization of a Large-scaled VCO Diesel Injector with Eccentric
Needle. In Proceedings of the ILASS-Europe, Brno, Czech Republic, 6–9 September 2010.

16. Fezzaa, K.; Lee, W.K.; Cheong, S.; Powell, C.F.; Wang, J.; Li, M.; Lai, M.C. High Pressure Diesel Injection Studied
by Time-Resolved X-ray Phase Contrast Imaging; ICES2006 ASME: New York, NY, USA, 2006.

17. Battistoni, M.; Xue, Q.; Som, S.; Pomraning, E. Effect of Off-Axis Needle Motion on Internal Nozzle and Near
Exit Flow in a Multi-Hole Diesel Injector. SAE Int. J. Fuels Lubr. 2014, 7, 167–182. [CrossRef]

18. Palmieri, F. The Influence of Actual Layout and Off-Axis Needle Stroke on Diesel Nozzle Flow under Ballistic
Needle Displacement. J. Eng. Gas Turbines Power 2013, 135, 101502. [CrossRef]

19. Xue, F.; Luo, F.; Cui, H.; Moro, A.; Zhou, L. Numerical analyses of transient flow characteristics within each
nozzle hole of an asymmetric diesel injector. Int. J. Heat Mass Transf. 2017, 104, 18–27. [CrossRef]

20. Salvador, F.J.; Martínez-López, J.; Romero, J.-V.; Roselló, M.-D. Study of the influence of the needle eccentricity
on the internal flow in diesel injector nozzles by computational fluid dynamics calculations. Int. J.
Comput. Math. 2014, 91, 24–31. [CrossRef]

21. Xue, Q.; Battistoni, M.; Powell, C.F.; Longman, D.E.; Quan, S.P.; Pomraning, E.; Senecal, P.K.; Schmidt, D.P.;
Som, S. An Eulerian CFD model and X-ray radiography for coupled nozzle flow and spray in internal
combustion engines. Int. J. Multiph. Flow 2015, 70, 77–88. [CrossRef]

22. Payri, R.; Viera, J.P.; Gopalakrishnan, V.; Szymkowicz, P.G. The effect of nozzle geometry over the evaporative
spray formation for three different fuels. Fuel 2017, 188, 645–660. [CrossRef]
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Abstract: The marine diesel engine combustion process is discontinuous and unsteady, resulting in
complicated simulations and applications. When the diesel engine is used in the system integration
simulation and investigation, a suitable combustion model has to be developed due to compatibility
to the other components in the system. The Seiliger process model uses finite combustion stages
to perform the main engine combustion characteristics and using the cycle time scale instead of
the crank angle shortens the simulation time. Obtaining the defined Seiliger parameters used to
calculate the engine performance such as peak pressure, temperature and work is significant and
fitting process has to be carried out to get the parameters based on experimental investigation.
During the combustion fitting, an appropriate mathematics approach is selected for root finding of
non-linear multi-variable functions since there is a large amount of used experimental data. A direct
injection marine engine test bed is applied for the experimental investigation based on the combustion
fitting approach. The results of each cylinder and four-cylinder averaged pressure signals are fitted
with the Seiliger process that is shown separately to obtain the Seiliger parameters, and are varied
together with these parameters and with engine operating conditions to provide the basis for engine
combustion modeling.

Keywords: seiliger process model; combustion fitting; marine diesel engine; pressure signal;
experimental investigation

1. Introduction

Diesel engine combustion is an unsteady and discontinuous process, in which the fuel chemical
energy is transferred to the work medium internal energy. Due to its complicated energy conversion
process, modeling the diesel engine combustion is quite challenging to both engine designers and
users [1]. When the engine is applied in an integrated system such as the diesel engine control
system, after-treatment system, ship propulsion system, etc., the combustion details are not the main
concern, but the main performance parameters of the engine, such as engine work, peak pressure, peak
temperature, are strongly affected by the engine combustion process. A suitable approach on fitting
diesel engine combustion process with a few parameters is useful for combustion modeling, where the
mathematics analysis is essentially required to solve the rooting finding problems in particular for the
experimental investigation, because plenty of experimental data needs to be handled and used in the
multi-dimensional system of equations [2,3].

Diesel engine combustion process is varied in comparison with the other combustion machines,
resulting in the specific theoretical investigation method. Recently there has been lots of diesel engine
combustion research using both theoretical and experimental approaches. With the rapid development
of three-dimension numerical calculation technology, the diesel engine combustion can be simulated in
quite detailed ways to obtain the detailed combustion information [4,5]. A three-dimension simulation
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of diesel engine combustion requires the turbulence flow model, spray model and combustion model,
among which the turbulence flow model plays an important role. Normally there are three ways to
model the turbulence flow of the engine: Large Eddy Simulation (LES), Direct Numerical Simulation
(DNS) and Reynolds-Averaged Navier-Stokes (RANS) [6]. Kahila et al. developed the LES together
with a finite-rate chemistry model to investigate the engine dual-fuel ignition process [7]. Knudsen
et al. proposed the compressible Eulerian numerical model to describe how liquid fuel injector
nozzle geometry and operation strategies influence gas phase fuel distribution [8]. An et al. used
the renormalization group K-epsilon model to describe the turbulent flow field and predict the soot
particles evolution [9]. When modeling the turbulent flow, it is important to calculate the average
chemical reaction rate and the turbulent combustion rate of fuel [10,11]. Yu et al. used the characteristic
time combustion model coupled with the chemical kinetic mechanism to study the mixture formation’s
influence on the smoke [12]. Cheng et al. studied the methyl esters of soybean and coconuts formed by
spray combustion and related emissions of the diesel engine and further to the effect of EGR on these
biodiesel fuel combustion [13]. The diesel engine spray models are mainly divided into homogeneous
gaseous jet models and gas-liquid two phase models, and the latter use the gas and liquid two phases
in modeling engine spray process [14–16].

Besides the three-dimension approaches in modeling the engine combustion process, the
multi-zone models are also efficient tools. Compared with the commonly used single-zone models,
the multi-zone models take into account the instantaneous details of combustion process, such as the
formation and development of fuel spray, the relative motion of fuel droplets and air. A popularly used
multi-zone combustion model is Hiroyasu’s fuel droplet evaporation combustion model [17], which
includes the fuel injection sub-model, combustion thermodynamic calculation sub-model and emission
generation sub-model. Zhang et al. used the in-cylinder steam injection method to establish a two-zone
combustion model to research the waste heat recovery and NOx emission control [18]. Fang et al. built a
two-dimension combustion model to study the effect of electric fields on the combustion characteristics
of a lean-burning methane air mixture [19]. Xiang et al. proposed a two-zone combustion model in
nature gas engine application and used this model for engine knocking predictions [20].

The diesel engine combustion measurement techniques include visualization, PIV (particle image
velocimetry), LIF (laser induced fluorescence) and PDPA (phase Doppler particle anemometry). The
PIV velocity measurement is a non-contact, transient and full-flow velocity measurement method,
which has the advantages of not interfering with the quantitative information of the measured field and
fast dynamic response [21,22]. LIF method produces relatively strong light signals with high spatial
resolution and the fluorescence intensity is proportional to the incident light intensity so that it can be
used to measure the concentration of substances [23]. The PDPA method depends on the frequency
difference between the scattered light and the irradiated light of the moving particles, whose size is
determined by analyzing the phase shift of the scattered light reflected or refracted by the spherical
particles passing through the laser measuring body [24]. The diesel engine combustion experimental
research supplemented with the theoretical investigation improve the engine combustion performance
and reduces emissions.

Although the detailed engine combustion models are developed rapidly with the progress of
simulation tool and experimental facilities, when the engine is used as a component of systems such as
the control system, after treatment system and propulsion system, the engine combustion process has
to meet the requirement of the system real-time characteristics. Mean value model is a time-domination
model with cyclic time scale instead of the crank angle time scale, having the characteristics of fast
calculation to get the engine main performance parameters, and it is commonly used in the control
system and real-time dynamic simulation. Yin et al. introduced a turbocharged diesel engine model
for hardware-in-the-loop simulation, which has the capability of observing engine state parameters
and capturing engine transient response [25]. Sui et al. introduced a two finite stages Seiliger process
model and simulates the engine combustion process by several parameters, which were applied in the
ship propulsion system simulation [26]. Baldi et al. combined the zero-dimension and mean value
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models to calculate the engine performance parameters including the in-cylinder ones in relatively
short simulation time [27]. Theotokatos et al. developed an extended engine mean value model to
predict the thermodynamic parameters of two-stroke marine engine at different injection times [28].
Meanwhile, plenty of “black-box” methods such as multi-level hierarchical, neural networks, fuzzy
logic, and wavelet networks are also applied in the modeling engine combustion process [29–31].

During the modeling engine combustion process, the experimental methods are frequently used
together with theoretical analysis to parameterize the combustion process, in which the mathematics
analysis is necessary to find the roots in the systems of equations deriving from the balance in the
engine combustion process. Heat release rate calculation based on the measured in-cylinder pressure,
energy conservation equation and empirical heat transfer formula is a fundamental method to obtain
the engine combustion phenomena. On the other hand, when the heat release is known, the statistical
analysis of a large amount of actual heat release can be used to build the heat release models based
on the empirical formula or curve fitting [32]. The general semi-empirical formula for calculating
heat release rate is Vibe formulas and the isosceles triangle combustion model [33,34]. In addition, if
one only needs to know the engine in-cylinder main operating parameters under various conditions
instead of the engine combustion details, the Seiliger process is the appropriate method for engine
combustion modeling [26,35,36].

Nevertheless, it is critical to the mean value simulation model research that the derivation of
Seiliger parameters such as the combustion parameters to give a global description of the combustion
process obtains lots of experimental data or a deep theoretical investigation. Most of the researchers
merely focused on obtaining the Seiliger parameters according to the engine experiments and ignoring
the mathematics applications during the fitting process, resulting in the low accuracy. On the other
hand, the Seiliger parameters of only one engine operating point, normally the nominal operating
point, were used in these literatures, and the others were obtained based on the mathematical
interpolation methods.

In the case of getting Seiliger parameters based on the combustion fitting process, the multiple
variables non-linear system of equations has to be set up with equivalence criteria. When solving
non-linear equations in engineering problems, the Bisection method, Secant method, Newton-Raphson
method, etc. are usually used [37,38]. Sciniaka et al. introduced several iterative algorithms for solving
equations and proposed an adaptive method based on the Newton-Raphson rooting method, which
can better control the algorithm dynamics [39]. Furthermore, when more variables are chosen, the
system of equivalence criteria becomes a multi-variable function and the Newton-Raphson method
is a suitable way to find the roots of the system of equations. The Newton-Raphson method has a
prominent advantage in that it has a square convergence around a single root of the equation f (x) = 0.
It can also be used to find the multiple roots and the complex roots of the equation [40,41]. Meanwhile,
the method converges linearly but can be super linear convergence by some conversions.

In this paper, an experimental investigation into combustion fitting is carried out based on the
in-cylinder pressure signals measurement. With the processed measurement data, the Seiliger process
model is introduced, and after determining the Seiliger parameters and equivalence criteria, the diesel
engine measurement is fitted with Seilgier process model for engine combustion analysis. The fitting
results of engine running at nominal point are shown in both single cylinder and four-cylinder average
signals, in which the discrepancy of cylinder working condition can be obtained. Last but not least, the
results of engine running at constant speed are discussed for further research on combustion fitting
models on the systematic simulation of marine diesel engine applications.

2. Experiments

Diesel engine in-cylinder pressure measurement is the fundamental method to investigate the
combustion process and an effective way to get insight into the combustion phenomena. In order to
obtain the heat release, in-cylinder temperature, etc., a plenty of other engine measurements should be
carried out, such as fuel consumption, inlet pressure, and engine speed.
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2.1. Engine Test Bed Installation

The engine test bed is a MAN4L 20/27 diesel engine, which is a commonly used medium speed,
direct injection marine diesel engine. The general data of the engine are listed in Table 1.

Table 1. The dimensions of engine used in the model.

Parameter

Model MAN4L 20/27
Cylinder Number 4

Bore 0.20 m
Stroke 0.27 m

Connection Rod Length 0.52 m
Nominal Engine Speed 1000 rpm

Maximum Effective Power 340 kW
Compression Ratio 13.4 [-]

Fuel Injection Plunger pump
Direct injection

Fuel Injection Pressure 80 MPa
SOI 4◦ before TDC
IC 20◦ after BDC
EO 300◦ after BDC

Figure 1 illustrates the engine test bed layout, which is installed in the laboratory with a hydraulic
dynamometer for applying the engine load. The pressure sensors with a water cooling system are
arranged in the cylinder head of each cylinder. Due to the two in-cylinder pressure sensors using
one cooling tubule, in the two red circles, there are two pressure sensors mounted in each circle.
There are also inlet receiver pressure and temperature, pressure and temperature before turbine, fuel
consumption measurements, etc. Together with these measurements, the engine main performance
parameters can be obtained to investigate the engine combustion process.

  
(a) (b) 

Figure 1. Engine test bed: (a) Overview of the test bed; (b) the in-cylinder pressure sensor installation
in the test bed (the red circle).

2.2. Measurements Procedures

Figure 2 illustrates the engine test bed layout. The sensors arranged on the test bed are: in-cylinder
pressure sensors, inlet pressure and temperature sensors, exhaust pressure and temperature sensors,
air flow meters, hydraulic dynamometer, etc. The fuel flow measurement in the test bed uses the
weighing scale and clock with a two-position three-way valve instead of a flow meter, which is a
traditional method but ensures the accuracy of the fuel flow measurement.
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Figure 2. Schematic diagram of engine test bed layout.

2.3. Measurements samples Preparations

The marine diesel engine investigated in this paper is frequently used to drive a generator,
therefore, two engine speed 900 rpm and 1000 rpm are selected in the measurement, and four operating
points for each engine speed are measured (see Figure 3). In order to get the engine running points to
be as thermodynamically stable as possible, the operating points at constant speeds were traversed
alternatively up and down, as indicated by the arrows.
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Figure 3. Map of measured points.

When the diesel engine is used for power generation, the engine speed has to be kept constant in
order to ensure the constant frequency of current. Due to fixed current frequency f used in the marine
power generation such as 50 Hz in China and 60 Hz in US, together with the number of poles P, the
engine speed can be determined by Equation (1).

n =
60 · f

P
(1)

Therefore, the 50 Hz and 60 Hz are corresponding to 1000 r/min and 900 r/min when the poles
numbers are selected to be 3 and 4 separately.
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3. Methodology

3.1. In-Cylidner Measured Pressure Signals Processing

The measured in-cylinder pressure signals fluctuate especially in the peak pressure region, which
will easily bring calculation errors during the combustion fitting process. Therefore, the measured
pressure signals have to be processed firstly based on mathematics methods. On the other hand, some
useful and effective methods can be used to improve the accuracy such as a pressure signals smooth
approach based on the heat release calculation proposed by the author to ensure the accuracy of the
signals’ application to some extent [32].

3.2. Seiliger Process and Seliger Process Parameters Obtain

The Seiliger process is an efficient way to characterize the diesel engine combustion process,
which divides the combustion process into finite stages to describe main phenomena of combustion
characteristics. The definition and interpretation of Seiliger process and Seiliger parameters were
described in author’s previous articles. Based on the stages number definition, there are 5-point Seiliger
and 6-point Seiliger cycles [42]. Figure 4 shows the six-point Seiliger process model with both the basic
and the advanced Seiliger process. The stages can be described as follows:

1–2: polytropic compression;
2–3: isochoric combustion;
3–4: isobaric combustion and expansion;
4–5: isothermal combustion and expansion;
5–6: polytropic expansion indicating a net heat loss, used when there is no combustion in this stage

(basic);
5–6′: polytropic expansion indicating a net heat input caused by late combustion during expansion

(advanced).
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Figure 4. Six-point Seiliger process definition: (a) p-V diagram; (b) T-ϕ diagram.

The Seiliger process can be described by a finite number of parameters that fully specify the process
together with the initial (trapped) condition and the working medium properties. The definition of the
Seiliger stages and the Seiliger parameters are given in Table 2. Among these Seiliger parameters a, b
and c are the combustion parameters indicating the isochoric combustion stage, isobaric combustion
stage and isothermal combustion stage respectively. The polytropic compression exponent ncomp

and effective compression ratio rc model the polytropic compression process while the polytropic
expansion exponent nexp and expansion ratio re model the polytropic expansion process. In the case
that all the Seiliger parameters are known, the pressures, temperatures, work and heat in the various
stages of the Seiliger cycle can be calculated.
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Table 2. Seiliger process definition and parameters.

Seiliger Stage Seiliger Definition Parameter Definition Seiliger Parameters

1–2 p2
p1

= rncomp
c

V1
V2

= rc rc, ncomp

2–3 V3
V2

= 1 p3
p2

= a a
3–4 p4

p3
= 1 V4

V3
= b b

4–5 T5
T4

= 1 V5
V4

= c c
5–6 (5–6′) p5

p6
= rnexp

e
V6
V5

= re rc, nexp

Figure 5 shows how to obtain the Seiliger parameters based on measures in-cylinder pressure
signals. The first line is the fit procedure to smooth the in-cylinder pressure signals, after which the
Seiliger parameters are determined according to the combination of equivalence criteria between
Seiliger process and in-cylinder process of the real engine. The Seiliger parameters are obtained from
the ‘Seiliger fit model’ (model (4)), in which the fitting algorithms have to be investigated to improve
the accuracy and speed the simulation time. Finally, the in-cylinder performance based on the Seiliger
process characterizes the cylinder process and in particular the ‘combustion shape’ in order to compare
the fitting results to the real engine (smoothed signals).
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Figure 5. Flow chart of the overall simulation procedure to calculate Seiliger parameters.

3.3. Combustion Fitting Approach

The Newton-Raphson method applied for a single variable function is briefly introduced. If the
initial estimate of the root is xn, a tangent can be extended from the point [xn, f (xn)]. The point where
this tangent crosses the x-axis represents an improved estimate of the root. The first derivative f ′(xn) is
equivalent to the slope of the tangent and can be derived on the basis of a geometrical interpretation
(Figure 6) and an iteration scheme is constructed:

f ′(xn) =
f (xn)− 0
xn − xn+1

(2)

Then

xn+1 = xn − f (xn)

f ′(xn)
(3)

While |xn+1 − xn+1| ≤ tolerance, the xn+1 can be considered to be the root of function f (x).
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ο

Figure 6. Graphical description of Newton-Raphson method.

Furthermore, the Newton-Raphson method can be used to acquire the solution for a multi-variable
function f(x). If the zero was considered to occur at x = x*, where x* is a vector, then the Taylor series
for multi-variable function is applied. If xn is assumed to be the current estimation of the functions
and xn+1 = xn + h, due to the demand that f(x*) = 0, the Taylor series is acquired:

f(x)|x=xn+1
= f(xn + h) = f(xn) + ∇f|xn

· h + o
(
|h|2
)
= 0 (4)

If o
(
|h|2
)

is assumed small enough to neglect, Equation (4) becomes:

f(xn) = −∇f|xn
· h (5)

When −∇f|xg
is replaced by matrix A:

h = −A−1 · f(xn) (6)

A =

⎡⎢⎢⎢⎢⎢⎣
∂ f1
∂x1

∂ f1
∂x2

· · · ∂ f1
∂xn

∂ f2
∂x1

∂ f2
∂x2

· · · ∂ f2
∂xn

...
...

. . .
...

∂ fn
∂x1

∂ fn
∂x2

· · · ∂ fn
∂xn

⎤⎥⎥⎥⎥⎥⎦ and f(x) =

⎡⎢⎢⎢⎢⎣
f1(x1, x2, · · · xn)

f2(x1, x2, · · · xn)
...

fn(x1, x2, · · · xn)

⎤⎥⎥⎥⎥⎦ (7)

Finally, the next estimate of xn+1 is obtained and used as the initial value of the next iteration and
the iteration is terminated when the stop criteria are met.

3.4. Implementation in the Combustion Fitting Based on Seiliger Process

The Newton-Raphson multi-variable root finding method is applied to find the solution for the
fitting of the (real) engine equivalence values by means of varying Seiliger process parameters. The
Seiliger process is an engine combustion model to divide the engine working cycle into finite stages
based on different Seiliger parameter numbers choosing. The case with four equivalence criteria as
functions of four variables (Seiliger parameters) is taken as an example.

Seiliger parameters a, b, c and nexp are the variables in these equations and the differences between
the calculated result from the equivalence criteria functions of the Seiliger process (pmax, Tmax, qin,Seiliger
and wi,Seiliger) and the measured engine cycle(p3, T4, qin,measured and wi,measured) are the functions for
which the zero has to be found. The other parameters in Equations (8)–(11) are considered to be
constant but changed with engine working conditions. Therefore, the simulation model is important
to determine them at different iteration steps rather than analytical method.
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In summary, the Equations (8)–(11) are expressed by standard equation form

f1(x1, x2, x3, x4) = p3 − pmax (8)

f2(x1, x2, x3, x4) = T4 − Tmax (9)

f3(x1, x2, x3, x4) = qin,Seiliger − qin,measured (10)

f4(x1, x2, x3, x4) = wi,Seiliger − wi,measured (11)

The five functions are set to a column vector as func:

func = [ f1, f2, f3, f4] (12)

A matrix PDE then is set to solve the derivatives:

PDE =

⎡⎢⎢⎣
∂ f1
∂x1

· · · ∂ f1
∂x4

...
. . .

...
∂ f4
∂x1

· · · ∂ f4
∂x4

⎤⎥⎥⎦ (13)

Vect = −PDE/func (14)

Vect is the increment or decrement of the root that is obtained from the previous step:

xi = xi + Vect (i) 1, 2, 3, 4 (15)

The partial derivatives of the elements in matrix PDE are obtained with numerical analysis rather
than with an analytical method. The latter is impossible because some parameters in equivalence
criteria functions are interdependent and a numerical method is used to avoid this problem.

Variable xi is changed one percent and then the partial derivatives are obtained relying on the
local linearity.

Δxi = 0.01xi i = 1, 2, 3, 4, 5 (16)

∂ fi
∂xj

=
f (xj+Δxj ,...)− f (xj ,...)

Δxj
i = 1, 2, 3, 4, 5; j = 1, 2, 3, 4, 5 (17)

4. Results and Analysis

4.1. The Process Pressure Signals of Four Cylinders

The frequency of logging the in-cylinder pressure signals is 0.02 ms meaning that there are around
6000 samples per cycle for this engine operating at 1000 rpm. Following the in-cylinder pressure
measurements, the signals have to be processed first. In this engine test, 25 cycles were recorded for
one operating point measurement selecting from the total measured cycle (around 200 cycles) and the
in-cylinder pressure signals are averaged cycle by cycle to eliminate the fluctuation. Figure 7 shows
the pressure signals before and after the cycle’s average in the p-ϕ and p-V diagram respectively, in
which it is obvious to see that the in-cylinder pressure signals after 25 cycle’s average are smoother
than before but the fluctuation still remains, especially in the peak pressure region.
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(a) (b) 

Figure 7. In-cylinder pressure before and after cyclic average: (a) p-ϕ diagram; (b) p-V diagram.

Figure 8 shows the in-cylinder pressure signals of 4 cylinders. Due to the fire order in the
multi-cylinder to keep the engine operating stable, this 4-cylinder diesel engine has 90 ◦CA differences
between two cylinders and the fire order is 1-3-4-2 as shown in Figure 8a. In Figure 8b, the 4-cylinder
pressure signals are moved together along with them being averaged on point by point in the overall
cycle (the red curve). Figure 8c shows the zoom-in curves in the peak pressure region. Due to the
pressure sensors mounted position, there are regular-looked waves in the peak pressure region. The
tendency of the four cylinders is same in regards to the wave crest position and frequency, from which
it seems that the four in-cylinder pressure signals average is necessary to eliminate the fluctuation
effect in order to get the signals close to the reality.

 
(a) (b) 

 
(c) 

Figure 8. In-cylinder pressure of 4 cylinders: (a) pressure of 4 cylinders with fire order; (b) pressure of
4 cylinders after moving; (c) zoom in of peak pressure area.
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Although the in-cylinder pressure signals are smoothed according to cycle by cycle average and
the four-cylinder average, the fluctuations still exist in particular in the peak pressure region. Since
the waves are caused by the channel effect, the averaged method cannot solve these wave problems
resulting in the difficulties for combustion fitting research. Therefore, the smoothing procedure has
to continue to eliminate the channel effect’s influence as much as possible. Figure 9 compares the
final smoothed pressure signals with measurement based on the new smooth method presented in
reference [32]. According to Figure 9b, there is only one wave of the peak in-cylinder pressure region
and for the other parts the pressure curve is smoothed sufficiently for the following combustion
fitting investigation.

    
(a) (b) 

Figure 9. In-cylinder pressure of 4 cylinders: (a) The smoothed pressure signals; (b) Zoom in of peak
pressure region.

Regarding to the smoothing accuracy, as shown in Table 3, in the aspect of mathematics, there are
‘sum of squares due to error (SSE)’, ‘R-square’, ‘Adjusted R-square’, ‘Degrees of freedom in the error
(DFE)’ and ‘Root mean squared error (RMSE)’ to evaluate the quality of fit. Also, the raw data and the
smoothed results of the engine main performance parameters, such as Pmax, Tmax, PEO, TEO and Pi, are
compared with each other to verify the signals processing accuracy.

Table 3. The goodness of fit of the pressure signals.

Fit Indicator SSE R-Square Adjusted R-Square DFE RMSE

0.4306 0.9921 0.9921 1025 0.0205
Engine parameters Pmax (bar) Tmax (K) PEO (bar) TEO (K) Pi (kW)

Raw data 95.87 1569.70 8.95 1159.98 83.59
Smoothed 93.19 1513.58 8.61 1119.60 83.32

4.2. The Combustion Fit Results of Engine Nominal Operating Point

With smoothed in-cylinder pressure signals and the definition of Seiliger process model, the
engine combustion fitting can be carried out using the Newton-Raphson root finding method. The
combustion fitting results of the nominal operating point are discussed firstly to validate and verify
the approaches, after which the fitting results of engine running at generator conditions are presented
for the further application of marine diesel engine combustion modelling.

4.2.1. Four-Cylinder Averaged Pressure Signals

According to definition of the basic and advanced Seiliger process presented in Section 3, the
combustion fitting results of these two Seiliger process types are compared and analyzed in terms
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of the four-cylinder averaged pressure signals at engine nominal operating point. Table 4 shows the
Seiliger parameters and engine performance parameters chosen in the system of equations as variables
and equivalence criteria for basic and advanced Seiliger process models, which actually are the same
as each other, although the engine performance parameter qin includes a different heat input definition
as explained in Section 3.

Table 4. Variables and equivalence criteria in combustion fit functions.

Seiliger Parameters (Variables) Engine Performance (Equivalence Criteria)

basic Seiliger process a, b, c, nexp pmax, Tmax, qin, wi
advanced Seiliger process a, b, c, nexp pmax, Tmax, qin, wi

Before combustion fitting numerical calculation, the Seiliger parameters ncomp, rc and ΔEO, which
are not taken into account as the variables in the fitting process, have to be set as constants. Considering
the engine operating conditions in reality, the ncomp is set to be 1.36 to indicate proper heat loss
during engine compression process; the rc 13.107 means constant volumetric process occurring at
top dead centre and ΔEO is 0 without regarding the effect of exhaust valve open. Then based on
Equations (12)–(15), the system of equations of combustion fitting is set up. During the system of
equations root finding procedure, the mathematic setting should be thought over, including initial
values, iterations, termination criteria, etc.

The termination criteria for the iteration in this paper, which affect the accuracy and the calculation
speed, in both basic and advanced Seiliger process models fitting is set as follows:

|p3 − pmax| ≤ 1 bar,

|T4 − Tmax| ≤ 1 K,

|qin,Seiliger − qin,measured| ≤ 10 J/kg,

|wi,Seiliger − wi,measured| ≤ 10 J/kg.

The combustion fitting results of both basic and advanced Seiliger process models are shown in
Table 5, in which the Seiliger parameters values and heat input during the Seiliger parameters effect
stages are compared. The values of a and b are the same of these two types, the latter’s small difference
is caused by the numerical calculation errors. The value of c is quite different between these two
Seiliger process models, together with heat input ratio in Seiliger stage 4–5 (isothermal process) large
differences. In the basic Seiliger process, besides in stage 1–2 (isochoric process), the heat input occurs
in isothermal process and the ratio is 36.02%, but in the advanced Seiliger process model it is only
16.53% with the others at 19.51% in stage 5–6 (expansion process), which means there is a very late
combustion during operation of the engine.

Table 5. Results of combustion fit of basic and advanced Seiliger process models.

Basic Seiliger Process Advanced Seiliger Process

Constant

ncomp 1.36
rc 13.107

ΔEO 0

Seiliger Variables

Value Heat Input Ratio Value Heat Input Ratio

a 1.331 22.11% 1.331 22.11%
b 1.339 41.87% 1.338 41.85%
c 2.428 36.02% 1.505 16.53%

nexp 1.367 0 1.197 19.51%

Figure 10 illustrates the basic and advanced Seiliger process models of combustion fitting results
compared with the measurements in diversified diagrams. Figure 10a,b presents the comparison
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between pressure signals, due to relatively small scale, the difference among the three curves are not
distinct. However, in the in-cylinder temperature diagram shown in Figure 10c, it is more likely to
observe the trend and comparison of these curves, in which the basic and advanced Seiliger process
before peak temperature completely coincide with each other and the duration of the isothermal
process are different, and have a longer crank angle time with a larger c value in the basic Seiliger
process model. The temperature at Exhaust Open (EO) in the basic Seiliger process is lower than that in
the advanced Seiliger process model (around 150 K), which is caused by the late combustion occurring
during expansion process in advanced Seiliger process model.

 
(a) (b) 

 
(c) (d) 

Figure 10. Comparison of basic and advanced Seiliger process models: (a) p-ϕ diagram; (b) p-V
diagram; (c) T-ϕ diagram; (d) T-s diagram.

Figure 10d shows the fitting results compared with measurement in temperature-entropy diagram,
which is even more clear to reveal the differences between the two Seiliger process models. The
same trend as the in-cylinder temperature in Figure 10c before peak temperature and the two fitting
curves are slightly different from the measurement. Nevertheless, the discrepancy among them in
the expansion process is especially evident. The vertical curve in the T-S diagram means adiabatic
expansion and the negative slope indicated heat input to the work medium and vice versa. As a result,
the advanced Seiliger process model fitted the same case as the measurement with heat input in the
expansion process and in the basic Seiliger process model, the result is totally different, i.e., heat loss
during expansion.

Based on the fitting definition, when the basic Seiliger process model is used, the basic Seiliger
process fitting shares the same equivalence criteria as the advanced Seiliger process model, but some
of the heat enters the in-cylinder work medium in the isothermal process instead of the expansion
process of advanced Seiliger process. From the fitting diagram, the advanced Seiliger process model
fitting seems closer to the measurements, and when the ancient engine is operating with very late
combustion, which is not expected, the advanced Seiliger process model is closer to the reality to
describe the detailed phenomena of engine combustion. If the Seiliger process model fitting is used
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in the modern engine without late combustion, the basic process model fitting is preferred to avoid
making errors in the heat input analysis with relatively simple modelling.

4.2.2. Each Cylinder Pressure Signals

The combustion fitting results discussed in the previous sections are based on the four-cylinder
average pressure signals measurement in order to eliminate the measurement fluctuation effect. In
fact, for the 4-cylinder diesel engine, four cylinders behave different performance to some extent in
particular for the pressure signals but not too much due to engine operating balance demand. Table 6
shows the fitting results of the four cylinders respectively. The Seiliger parameters a and b are slightly
different for the four cylinders, referring to the heat input ratio, there is maximum 2.22% difference for
Seiliger parameter a (cylinder 1 and cylinder 2) and maximum 1.24% difference for Seiliger parameter
b (cylinder 1 and cylinder 4).

Table 6. Results of advanced Seiliger process fit in 4 cylinders.

Seiliger
Variables

Cylinder 1 Cylinder 2 Cylinder 3 Cylinder 4 Cylinder (average)

Value
Heat Input

Ratio
Value

Heat Input
Ratio

Value
Heat Input

Ratio
Value

Heat Input
Ratio

Value
Heat Input

Ratio

a 1.311 20.83% 1.349 23.05% 1.329 21.04% 1.338 22.44% 1.331 22.11%
b 1.344 41.92% 1.330 40.92% 1.347 41.07% 1.330 40.68% 1.338 41.85%
c 1.375 12.77% 1.516 16.74% 1.127 4.64% 1.427 14.24% 1.505 16.53%

nexp 1.180 24.49% 1.198 19.29% 1.151 33.25% 1.185 22.65% 1.197 19.51%

As to Seiliger parameter c and nexp, there is much discrepancy such as 3.97% of Seiliger parameter
c and 5.2% of Seiliger parameter nexp. This does not apply to cylinder 3, which has irregular cylinder
fitting results. However, the fitting results of averaged in-cylinder pressure signals is not much affected
by that of cylinder 3 and closed to the result of cylinders 1, 2 and 4. Although there are irregular
cylinder fitting results, which are probably caused by the engine operating in reality or a numerical
calculation procedure, the averaged in-cylinder pressure signals are relatively reliable to obtain the
fitting results in comparison with reality.

4.3. The Combustion Fit Results of Engine Running with Generator Conditions

After obtaining the Seiliger parameters fitting results of one engine operating point, the overall
measurements are calculated. Figure 11 shows the trend of Seiliger parameters a, b, c and nexp as
functions of effective power Pe when engine running at 900 r/min and 1000 r/min respectively.

Figure 11. Seiliger parameters at engine constant speed: (a) 900 r/min; (b) 1000 r/min.

Seiliger parameter a indicates the premixed combustion phase and a large value of a is associated
with more premixed combustion. At each engine speed, the value of a increases at low load and
reaches a maximum, then decreases when going to higher load. As to the effect of engine speed on the
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Seiliger parameter a, it can be observed that for a certain load point parameter a is lower for a higher
engine speed. At a certain engine speed, b goes up with increasing load. The engine speed seems to
have less effect on b, i.e., there is hardly any differences for different engine speeds at the same load.

Seiliger parameter c represents the isothermal combustion stage, to some extent, the large value
causing late engine combustion. The value of c goes up with the engine power increasing, which
means, for this engine, when the engine is running at higher load, the later combustion occurs more
frequently. Seiliger parameter nexp indicates the very late combustion phase during expansion. Due to
the polytrophic expansion exponent, the value of nexp varies in a relatively small range (around 1.2
to 1.35) and decreased with engine power going up, representing less heat input during the very late
combustion stage.

5. Conclusions

This paper has proposed an approach on engine combustion fitting using the Seiliger process
model, in which the in-cylinder pressure data measured from the engine test bed is applied for the
experimental investigation. The combustion fitting results of each cylinder and average four-cylinder
pressure signals obtaining the Seiliger parameters are discussed to verify that the combustion fitting is
suitable to parameterize the engine combustion process and then for investigating the tendency of
Seiliger parameters along with engine operating conditions. The conclusions can be drawn as follows:

(1) The Seiliger process provides an efficient way on parameterizing engine combustion process in
particular for the engine in system integration simulation. The advanced Seiliger process model
takes into account the engine late combustion and extends the basic Seiliger process application.

(2) According to the fitting results on comparison of in-cylinder pressure measurements and Seiliger
parameters mathematics solutions, it is verified that Newton-Raphson method is an efficient way
to solve multi-variable differential equations, especially for engineering applications.

(3) There is some cylinder performance discrepancy in multi-cylinder diesel engine, where after
averaging the overall cylinders, the single cylinder ambiguous data could be eliminated.
Therefore, the averaged pressure signals are preferred to be used in the combustion fitting process.

The combustion fitting approach investigated in this paper is applied in diesel engines, but it
can be also used in the substitute fueled engine due to the first principle used in the research. The
method provides a way to develop a new engine combustion model with fast response when used in
the integration system simulations.
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Abbreviations

BDC bottom dead center
DFE degrees of freedom in the error
EGR exhaust gas recirculation
EO exhaust valve open angle
HCCI homogeneous charge compression ignition
IC intake valve close angle
NO nitric oxide
PDE partial differential equation
RMSE root mean squared error
SOI start of injection
SSE sum of squares due to error
Vect vector quantity
Symbols

f frequency
a Seiliger parameter
b Seiliger parameter
c Seiliger parameter
func functions
n speed
ncomp compression exponent
nexp expansion exponent
P number of poles
Pe effective power
PEO pressure of exhaust valve open angle
Pi indication pressure
pmax maximum pressure
qin inlet quantity of heat
rc compression ratio
Tmax maximum temperature
wi indicator work
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11. Petranović, Z.; Sjerić, M.; Taritaš, I.; Vujanović, M.; Kozarac, D. Study of advanced engine operating strategies
on a turbocharged diesel engine by using coupled numerical approaches. Energy Convers. Manag. 2018, 171,
1–11. [CrossRef]

12. Yu, Y.; Song, G. Numerical Study of Diesel Lift-Off Flame and Soot Formation under Low-Temperature
Combustion. Energy Fuel 2015, 30, 2035–2042. [CrossRef]

13. Cheng, X.; Ng, H.K.; Gan, S.; Ho, J.H.; Pang, K.M. Numerical Analysis of the Effects of Biodiesel Unsaturation
Levels on Combustion and Emission Characteristics under Conventional and Diluted Air Conditions.
Energy Fuel 2018, 32, 8392–8410. [CrossRef]

14. Lackmann, T.; Kerstein, A.R.; Oevermann, M. A representative linear eddy model for simulating spray
combustion in engines (RILEM). Combust. Flame 2018, 193, 1–15. [CrossRef]

15. Dahms, R.N.; Manin, J.; Pickett, L.M.; Oefelein, J.C. Understanding high-pressure gas-liquid interface
phenomena in Diesel engines. Proc. Combust. Inst. 2013, 34, 1667–1675. [CrossRef]

16. Cung, K.; Moiz, A.; Johnson, J.; Lee, S.; Kweon, C.; Montanaro, A. Spray–combustion interaction mechanism
of multiple-injection under diesel engine conditions. Proc. Combust. Inst. 2015, 35, 3061–3068. [CrossRef]

17. Hiroyasu, H.; Kadota, T.; Arai, M. Development and Use of a Spray Combustion Modeling to Predict Diesel
Engine Efficiency and Pollutant Emissions: Part 1 Combustion Modeling. Bull. JSME 1983, 26, 569–575.
[CrossRef]

18. Zhang, Z.; Li, L. Investigation of In-Cylinder Steam Injection in a Turbocharged Diesel Engine for Waste
Heat Recovery and NOx Emission Control. Energies 2018, 11, 936. [CrossRef]

19. Fang, J.; Wu, X.; Duan, H.; Li, C.; Gao, Z. Effects of Electric Fields on the Combustion Characteristics of Lean
Burn Methane-Air Mixtures. Energies 2015, 8, 2587–2605. [CrossRef]

20. Xiang, L.; Song, E.; Ding, Y. A Two-Zone Combustion Model for Knocking Prediction of Marine Natural Gas
SI Engines. Energies 2018, 11, 561. [CrossRef]

21. Zegers, R.P.C.; Luijten, C.C.M.; Dam, N.J.; de Goey, L.P.H. Pre- and post-injection flow characterization in a
heavy-duty diesel engine using high-speed PIV. Exp. Fluids 2012, 53, 731–746. [CrossRef]

22. Rabault, J.; Vernet, J.A.; Lindgren, B.; Alfredsson, P.H. A study using PIV of the intake flow in a diesel engine
cylinder. Int. J. Heat Fluid Flow 2016, 62, 56–67. [CrossRef]

23. Leermakers, C.A.J.; Musculus, M.P.B. In-cylinder soot precursor growth in a low-temperature combustion
diesel engine: Laser-induced fluorescence of polycyclic aromatic hydrocarbons. Proc. Combust. Inst. 2015, 35,
3079–3086. [CrossRef]

24. Payri, R.; Gimeno, J.; Martí-Aldaraví, P.; Giraldo, J.S. Methodology for Phase Doppler Anemometry
Measurements on a Multi-Hole Diesel Injector. Exp. Tech. 2017, 41, 95–102. [CrossRef]

25. Yin, J.; Su, T.; Guan, Z.; Chu, Q.; Meng, C.; Jia, L.; Wang, J.; Zhang, Y. Modeling and Validation of a Diesel
Engine with Turbocharger for Hardware-in-the-Loop Applications. Energies 2017, 10, 685. [CrossRef]

26. Sui, C.; Song, E.; Stapersma, D.; Ding, Y. Mean value modelling of diesel engine combustion based on
parameterized finite stage cylinder process. Ocean Eng. 2017, 136, 218–232. [CrossRef]

27. Baldi, F.; Theotokatos, G.; Andersson, K. Development of a combined mean value–zero dimensional model
and application for a large marine four-stroke Diesel engine simulation. Appl. Energy 2015, 154, 402–415.
[CrossRef]

28. Theotokatos, G.; Guan, C.; Chen, H.; Lazakis, I. Development of an extended mean value engine model for
predicting the marine two-stroke engine operation at varying settings. Energy 2018, 143, 533–545. [CrossRef]

29. Shamekhi, A.; Shamekhi, A.H. A new approach in improvement of mean value models for spark ignition
engines using neural networks. Expert Syst. Appl. 2015, 42, 5192–5218. [CrossRef]

30. Nikzadfar, K.; Shamekhi, A.H. An extended mean value model (EMVM) for control-oriented modeling of
diesel engines transient performance and emissions. Fuel 2015, 154, 275–292. [CrossRef]

31. Geertsmaab, R.D.; Negenborna, R.R.; Visserab, K.; Loonstijna, M.A.; Hopman, J.J. Pitch control for ships
with diesel mechanical and hybrid propulsion: Modelling, validation and performance quantification.
Appl. Energy 2017, 206, 1609–1631. [CrossRef]

126



Appl. Sci. 2018, 8, 2489

32. Ding, Y.; Stapersma, D.; Knoll, H.; Grimmelius, H.T. A new method to smooth the in-cylinder pressure signal
for combustion analysis in diesel engines. Proc. Inst. Mech. Eng. Part A J. Power Energy 2011, 225, 309–318.
[CrossRef]

33. Wang, Z.; Shi, S.; Huang, S.; Huang, R.; Tang, J.; Du, T.; Cheng, X.; Chen, J. Effects of water content on
evaporation and combustion characteristics of water emulsified diesel spray. Appl. Energy 2018, 226, 397–407.
[CrossRef]

34. Pagán Rubio, J.A.; Vera-García, F.; Hernandez Grau, J.; Muñoz Cámara, J.; Albaladejo Hernandez, D. Marine
diesel engine failure simulator based on thermodynamic model. Appl. Therm. Eng. 2018, 144, 982–995.
[CrossRef]

35. Ding, Y.; Stapersma, D.; Grimmelius, H. Using Parametrized Finite Combustion Stage Models to Characterize
Combustion in Diesel Engines. Energy Fuel 2012, 26, 7099–7106. [CrossRef]

36. Uchida, N.; Okamoto, T.; Watanabe, H. A new concept of actively controlled rate of diesel combustion for
improving brake thermal efficiency of diesel engines: Part 1—Verification of the concept. Int. J. Eng. Res.
2017, 19, 474–487. [CrossRef]

37. Hartmann, S. A remark on the application of the Newton-Raphson method in non-linear finite element
analysis. Comput. Mech. 2005, 36, 100–116. [CrossRef]

38. Smith, M.R.; Lin, Y. Analysis of the convergence properties for a non-linear implicit Equilibrium Flux
Method using Quasi Newton–Raphson and BiCGStab techniques. Comput. Math. Appl. 2016, 72, 2008–2019.
[CrossRef]
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Abstract: The paper presents the results of research on the turbocharged spark ignition engine with
additional exhaust expansion in a separate cylinder, which is commonly known as the five-stroke
engine. The research engine has been constructed based on the four cylinder engine in which two
outer cylinders work as the fired cylinders, while two internally connected inner cylinders constitute
the volume of the additional expansion process. The engine represents a powertrain realizing an
ultra-expansion cycle. The purpose of the study was to find an effective additional expansion process
in the five-stroke engine. Cylinder-pressure indicating measurements were carried out for one
of the fired cylinders and the additional expansion cylinder. The study was performed for over
20 different points on the engine operation map. This allowed us to determine a dependence between
the pressure indicated in the fired cylinders and in the additional expansion cylinders. A function
of the mean pressure indicated in the additional expansion cylinder versus a brake mean effective
pressure was also presented. This showed a load threshold from which the work of the cylinders
of additional expansion produced benefits for the output of the experimental engine. The issues of
mechanical efficiency and effective efficiency of this engine were also discussed.

Keywords: spark ignition; efficiency; Miller cycle; Atkinson cycle; five-stroke engine; additional
expansion process

1. Introduction

Spark ignition engines, which have been used in motor vehicles for over 140 years, still have a
relatively low effective efficiency of conversion of fuel combustion energy into mechanical energy of
rotation, despite significant developments. The best spark ignition engines used in motor vehicles
currently obtain a peak effective efficiency of about 40% [1], what means that in the best case scenario,
60% of the energy delivered with the fuel is lost. In the case of low engine load, the loss of energy
may exceed 80% of the value resulting from fuel combustion. To solve this and other problems,
the European Commission has initiatives aimed at obtaining automotive engines with significantly
increased efficiency. A peak thermal conversion efficiency of more than 50% is expected for engines
developed in the Horizon 2020 Program [2]. However, at the moment this is only one of the targets for
R&D projects which will be finished in the years 2020 to 2021, so an implementation of the developed
engines for mass production will undoubtedly take place in the next few years. There are many
different methods to improve this situation. It is worth mentioning here the most important methods,
such as direct injection, thermal insulation of the combustion chamber, turbocharging, downsizing,
downspeeding, the implementation of exhaust energy recovery using thermoelectric generators [3],
or the advanced mechatronic systems, such as variable valve timing or continuously variable valve lift.
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Among the ways to improve the effective efficiency (fuel conversion efficiency) of an internal
combustion engine, an interesting method is to increase the expansion ratio to be significantly higher
than the compression ratio of the engine. This leads to a significant increase in the thermal efficiency
of the theoretical comparative cycle of the engine [4], but also gives tangible benefits in the effective
efficiency of the engine performing such a cycle [5]. Figure 1 presents the concept of using an increased
expansion ratio to improve the efficiency of an internal combustion engine. In a particular case, the
working medium pressure can be decreased to match the ambient pressure.

Figure 1. Potential of exhaust energy recovery using additional expansion.

Differentiation of the compression and expansion ratios of the engine may be accomplished in
several ways. The first well-known solution was developed by the English engineer James Atkinson in
the second half of the nineteenth century [6]. The engine concept by Atkinson was characterized by
shorter intake and compression strokes than the power and exhaust strokes. This solution, however,
was a significant disadvantage due to the sophisticated crank mechanism with respect to classical
four-stroke engine. The increased interest in construction solutions of engines with increased expansion
occurred in the second half of the twentieth century, when the concept by Ralph Miller [7] was
developed. This concept was based on the classic four-stroke engine, but with suitably modified valve
timing so as to get a reduced effective length of the compression stroke—Late Intake Valve Closing—or
by reducing the degree of filling of the cylinder in a supercharged engine with an additional charge
cooling by expansion in the intake stroke as a result of an Early Intake Valve Closing strategy. Engines
performing an Atkinson/Miller cycle, but based on the classic four-stroke engine, have been used in
motor vehicles since the mid-1990s [8]. Due to the specific characteristics of this type of solution, they
often occur in vehicles with hybrid drive systems, diesel locomotives, and in industrial applications [9],
where the engine operates with an average high load. The Atkinson cycle is also used in modern
engines for conventional propulsion systems in order to reduce pumping losses in the low load
region [10]. Research and development of engines performing Atkinson/Miller cycles are also carried
out in Poland at several universities [11,12].

An entirely different approach to the problem of an internal combustion engine with an expansion
ratio greater than the compression ratio was applied in the five-stroke engine developed according to
the concept by Gerhard Schmitz [13,14]. In this engine, a significantly increased expansion is done after
the exhaust process by a second expansion of the working medium in a separate cylinder. This cylinder
has a displacement volume that is about twice as high in comparison to the cylinder where the
combustion occurs. The engine provides practically unlimited possibilities in terms of establishing the
compression and expansion ratios, without losing a significant part of the displacement volume of a
working cylinder, as it is a classic engine implementing a Atkinson/Miller cycle.
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Five-Stroke Engine Developed at Cracow University of Technology

In the years 2012–2014 at the Cracow University of Technology (CUT), an engine which worked
according to the concept of Gerhard Schmitz [13] was developed. The main difference of this engine is
the fact that it was not designed from scratch as a new engine, but its design was based on the classic
four-stroke engine [15]. The tested engine was based on a mass-produced four-cylinder turbocharged
spark ignition engine and a displacement volume of 2.0 L [16]. The concept of retrofitting the classic
engine to five-stroke is shown in Figure 2.

Figure 2. Scheme of the engine with an additional expansion process developed at Cracow University
of Technology.

As may be seen in the figure above, the engine after modification has two fired cylinders operating
in a classical four-stroke mode with a phase shift of 360 Crank Angle Degrees (CAD), while cylinders
No. 2 and 3 are permanently connected by the channel in the cylinder head where the process of
additional expansion of the working medium occurs. These cylinders work as one in the two-stroke
mode and are filled by exhaust gasses alternately from cylinder No. 1 and cylinder No. 4. The research
engine has 4 valves per cylinder.

During the development of the engine with the additional expansion of exhaust gas,
a thermodynamic cycle taking into account the specific characteristics of the tested engine was
proposed [17]. Extensive simulation studies of a similar engine, but with a single-cylinder of additional
expansion, was also carried out by Li et al. at Shanghai Jiao Tong University [18,19]. Initial simulation
studies on a five-stroke engine were also performed by Palanivendhan et al. [20].

2. Materials and Methods

2.1. Background

The described engine has a high overall expansion ratio (εdcp) of the cylinder charge equal to 21.
This value results from the fact that the compression and expansion ratios of the fired cylinders of the
engine are equal to 10.5. The volume of the additional expansion cylinders at Bottom Dead Center
(BDC), at the end of the second expansion, is twice as high as the volume of the gas at the end of the first
expansion. The mentioned value of εdcp allows us to obtain a relatively high degree of energy recovery
of the exhaust gas in the additional expansion cylinders at wide open throttle (WOT). In one study [5],
the results of the theoretical calculations of the increase of the thermal efficiency of an engine cycle with
the additional expansion were presented. To standardize the analysis of the engine cycle, processes are
described as though the additional expansion was carried out in the same working volume. In the
Otto-cycle, in which the compression and expansion ratios are the same, the thermal efficiency of the
cycle is independent of the amount of heat added to the cycle. In the cycle in which the expansion ratio
is higher than the compression ratio (e.g., five-stroke engine cycle), the increase in thermal efficiency
is higher with more heat is added to the cycle. Under some simplification, the heat added to the

130



Appl. Sci. 2017, 7, 295

theoretical cycle may be identified as the load of a real engine, so the higher the load, the higher the
increase in the efficiency can be expected. On the other hand, in the real engine at partial load, when
the cylinder pressure does not reach high values, the additional expansion process may give a charge
pressure lower than the ambient pressure, which causes negative work and energy losses. In this
situation, you should take into account that the cylinders of additional expansion, instead of giving
additional power to the engine shaft, will be required to bring the power from the fired cylinders,
which is a highly undesirable phenomenon for obvious reasons. The idea of an additional expansion
process carried out in a separate cylinder together with the undesirable phenomenon of expansion
below the ambient pressure in some cylinders is shown in Figure 3. As seen in the figure above, when
the maximum pressure of the cycle is too low, a vacuum occurs in the additional expansion cylinders.
This will produce an area of negative work of the cycle. When it becomes dominant over the rest of the
cycle of the second expansion, it turns out that the overall balance of the additional expansion cylinder
is negative—instead of giving power to the engine shaft, it will require its delivery and will act as an
additional load of the engine, decreasing its efficiency.

Figure 3. The concept of realizing the additional expansion process in a separate cylinder;
Vcyl—displacement of one cylinder of the engine; Vch—volume of the combustion chamber.

In addition, in the five-stroke engine, the volume of the transfer port connecting the fired cylinder
with the cylinder of an additional expansion is a parasitic volume, because expansion of exhaust gases
occurring there causes the loss of part of the energy. In an ideal situation, this volume should be equal
to 0. In practice, this is impossible due to the constraints of the conventional engine arrangement.
Similarly, it would be preferable that the volume of the chamber above the piston in the cylinder of the
additional expansion would be as small as possible. Unfortunately, in the tested engine, improvement
of these parameters was not feasible, because during the construction of the test engine, a modified
cylinder head of the original mass-produced engine was used.

2.2. Purpose of the Work

The purpose of this work was to evaluate the relationship between the indicated mean effective
pressure of the fired cylinders (IMEPfrd) and the indicated mean effective pressure of the additional
expansion cylinders (IMEPadd) of the tested engine, depending on the load and rotational speed of the
engine. This approach allows us to estimate the load level below which the operation of the engine
with the additional expansion of exhaust gases is not fully consistent with the main assumptions of
such an engine, i.e., when an additional expansion process does not bring a positive effect. The results
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of this research also allow us to assess the mechanical efficiency of the tested engine and to show how
the effective efficiency of the engine changes in various test conditions.

2.3. Specific Features of the Test Engine

As mentioned above, the basis for the development of the test engine was a mass-produced
four-cylinder turbocharged spark-ignition engine. This engine is equipped with a gasoline direct
injection system. The engine adaptation for this research was mainly focused on the modification
of the cylinder head and camshaft. A different turbocharger dedicated to the engine with a smaller
displacement was used. The control of the boost pressure was done through the wastegate valve
integrated in the turbine housing. For the test engine, the exhaust and intake manifolds were designed
and manufactured. The test engine is fully autonomous, which means that the power to drive the
high-pressure fuel pump, alternator, water, and oil pumps is derived from the engine rather than from
external sources. Basic technical data of the engine are summarized in Table 1.

Table 1. Basic technical data of the test engine.

Parameter Value

Bore 82.5 mm
Stroke 92.8 mm

Compression ratio, εcp 10.5
No. of cylinders 4 in-line, 2 fired and 2 add. expansion

Displacement of a fired cylinder, Vfrd 2 cylinders, 496 cm3 each
Displacement of both add. expansion cylinders, Vadd 992 cm3

Overall expansion ratio εdcp 21
No. of valves 4 per cylinder

Turbocharger type KP39
Control system AEM EMS 30-1010

High-pressure injector driver Denso 131000-1041
Control method of high-pressure of fuel pressure relief valve

An engine management system (EMS) was built based on the stand alone AEM controller
cooperating with the wide-band oxygen sensor. This EMS allowed us to change the operating
parameters of the engine in real time during operation. High-pressure fuel injectors supplied with
increased voltage were controlled using the Denso injector driver, because the EMS only allowed us to
control high-resistance injectors.

Implementation of the engine concept presented in the scheme in Figure 2 required us to also
develop modified camshafts, which provided valve timing as shown in Figure 4.

Figure 4. Valve timing of the test engine; Top Dead Center (TDC).
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2.4. The Test Stand

The engine was mounted on a test stand with an Eddy-current brake dynamometer with a nominal
power of 100 kW. A brake controller has a module for measuring and recording the temperature
measured at selected positions. Fuel consumption measurement was conducted using a gravimetric
method with electronic registration of instantaneous values of this parameter. Figure 5 shows a general
view of the test bench.

Figure 5. General view of the test stand of the engine with the additional expansion of exhaust gases;
1—Tested engine, 2—Eddy-current brake dynamometer, 3—Engine management system, 4—Engine
coolant heat exchangers.

2.5. Methodology for Measurement of the In-Cylinder Pressure

Pressure measurements in the fired cylinder and the additional expansion cylinder were carried
out by the use of an optical sensor type Optrand AutoPSI-TC (D822D6-SP) with temperature-
compensated output signal [21]. The pressure sensor with a threaded adapter was fitted to the
combustion chamber of the fired cylinder (No. 4) through the drilled hole in its side surface. The hole
was machined parallel to the bottom plane of the cylinder head.

Figure 6 shows a photo of the combustion chamber of the fired cylinder with a visible hole for
in-cylinder pressure measurement and the adapter for the pressure sensor.

Figure 6. Combustion chamber of the fired cylinder (No. 4); 1—Adapter of the combustion pressure
sensor, 2—Hole in the combustion chamber wall, 3—Intake Valves, 4—Exhaust valves.

The view of the pressure sensor installed in the fired cylinder of the test engine is shown in
Figure 7.
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Figure 7. View of the combustion pressure sensor installed in the fired cylinder of the research engine
(location of the sensor is indicated by the yellow arrow).

The in-cylinder pressure sensor for the cylinders of additional expansion was installed in cylinder
No. 3 to the adapter mounted in the place of the spark plug. The sensors were able to measure the
combustion pressure up to 10 MPa (with a possible short-term overload of 50%) and sensitivity equal
to 385.8 mV/MPa. In order to perform a correlation of the recorded waveform of the in-cylinder
pressure with the momentary position of the crankshaft, an incremental encoder was mounted to the
test engine. The encoder had a resolution of 360 pulses per 1 revolution with a separate output phase
for the Top Dead Center (TDC) marker.

The registration of waveforms of the in-cylinder pressure of the fired and additional expansion
cylinders using Optrand sensors was performed using a PC equipped with a multifunctional data
acquisition card with a 14-bit resolution of Analog-to-Digital Converter (ADC). The data acquisition
process was carried out using a specialized application developed for this purpose in the LabView
environment. The results presented in the following parts of this work were obtained by averaging
the data from dozens of engine cycles for each measurement point. The study was preceded by an
experimental procedure of the encoder settings to TDC of the cylinder No. 1.

3. Results

3.1. Range of the Implemented Research

Pressure measurements in the fired cylinder and additional expansion cylinder were carried out
for the selected points of the engine operating map. The maximum boost pressure (pbst) was limited in
the study to 0.9 bar. Figure 8 shows the operating map of the engine with the additional expansion of
exhaust gas, with the highlighted points in which the in-cylinder pressure waveforms were recorded.

Figure 8. Measuring points for indicating measurements of the engine; Brake Torque (T).
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As shown in Figure 8, the in-cylinder pressure of the tested engine were measured at various
values of the engine brake torque in the rotational speed (n) range from 2000 to 3600 rpm. During
these tests, the engine throttle was fully open (WOT), and the wastegate valve of the exhaust gases
remained closed. In addition, measurements of pressure in the cylinders at partial load for rotational
speeds of 2000, 2200, and 3000 rpm were carried out. For the rotational speed of 3000 rpm of the
engine, a minimum brake specific fuel consumption was achieved. During the course of the tests, a
stoichiometric composition of the air-fuel mixture was maintained—relative air-to-fuel ratio was equal
to 1 (rel. AFR). The engine was fueled with gasoline during the tests.

3.2. Measurements of the In-Cylinder Pressure of the Tested Engine

After testing the engine the results saved to the files were calculated in a popular spreadsheet
software, but using a specialized template in order to shorten the calculation time. This allowed us
to obtain the average waveforms of pressure in the fired cylinder and in the cylinders of additional
expansion as a function of the crank angle (CA). Furthermore, after introducing the geometrical data of
the engine into the calculation program, p-V diagrams were developed for the fired cylinders, as well
as for the cylinders of the additional expansion. Development of the p-V indicator diagrams allowed
the calculation of the indicated mean effective pressure and the indicated power for fired cylinders
and additional expansion cylinders for each of the measurement points.

The following are examples of the work carried out on the recorded waveforms of in-cylinder
pressure for the fired and additional expansion cylinders.

In Figure 9 the p-CA diagram of the engine with the additional-expansion registered for a full
load 123 Nm at 3000 rpm rotational speed is presented. A turbocharger wastegate valve remained
closed, and the boost pressure was 0.5 bar. The exhaust gas temperature measured at the outlet of the
turbine had a value of 437 ◦C.

Figure 9. Chart in a p-CA for the fired cylinder and additional expansion cylinder recorded at 3000 rpm
and a torque equal to 123 Nm.

The peak pressure in the fired cylinder reached 7 MPa for the case above, for the position of
the crankshaft at 380 CAD ATDC (Crank Angle Degrees) (After Top Dead Center). The difference
in pressure peaks recorded in the cylinders of additional expansion in the case of filling by exhaust
cylinder No. 3 from fired cylinder No. 4 and No. 1 (through cylinder No. 2 and the passage) was
approximately 0.06 MPa.

The aforementioned difference in the value of the maximum pressure in the additional expansion
cylinder for the crank angle of approximately 180 CAD and approximately 540 CAD are caused by
throttling the flow in the connecting passage between the expansion cylinders 2 and 3. The pressure
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value obtained for 540 CAD occurs when the exhaust goes to the additional expansion cylinder No. 3
from the adjacent fired cylinder No. 4, in which the in-cylinder pressure is also measured. The pressure
registered at 180 CAD resulted from filling the assembly of the cylinders of additional expansion by
exhaust gases from cylinder No. 1. In this case, the exhaust gases were first delivered into cylinder 2,
then through the connecting channel in the cylinder head to cylinder No. 3, where the measurement
was carried out. During the calculation of the indicated work of the additional expansion cylinders, its
value was determined in consideration of the fact that in the cylinders of additional expansion, the
pressure is variable in a cyclic manner as described above.

In Figure 10, the in-cylinder pressure curves are shown as a function of cylinder volume (Vc)
for the fired and additional expansion cylinders registered for a full load of 123 Nm at 3000 rpm
rotational speed.

Figure 10. p-V diagrams for the fired cylinder and additional expansion cylinder recorded at 3000 rpm
and a torque equal to 123 Nm.

The assembly of additional expansion cylinders of the engine works in a two-stroke mode,
therefore the in-cylinder pressure waveform shown in the above chart includes two complete processes
of additional expansion and the exhaust process, as shown in the p-CA diagram. The values of the
indicated mean effective pressure in the fired cylinder (IMEPfrd) and in the additional expansion
cylinders (IMEPadd) were calculated by numerical integration of relevant areas of the p-V chart.
These values were: IMEPfrd was equal to 1.72 MPa, and IMEPadd was equal to 0.08 MPa. The indicated
power in the working cylinders (Pi_frd) was then calculated using Formula (1):

Pi_frd =
2·IMEPfrd·Vfrd·n

120000
, kW (1)

The formula presented above takes into account the used units, including the speed and
four-stroke nature of the work of the two working cylinders. Similarly, the formula for calculating the
indicated power of the cylinder of additional expansion (Pi_add) is presented as Formula (2):

Pi_add =
IMEPadd·Vadd·n

60000
, kW (2)
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This formula takes into account that both cylinders of additional expansion work in a two-stroke
mode as a single working volume. The calculated value of the indicated power of the fired cylinders at
this operating point is 42.77 kW, and the value of the indicated power in the cylinders of additional
expansion is approximately 3.98 kW, which is more than 9% of the Pi_frd value.

A similar analysis of the waveforms of in-cylinder pressure for the fired and additional expansion
cylinders was carried out for the results obtained in the other measuring points. This made it possible
to determine the relationship between IMEPfrd and IMEPadd. This is shown graphically in the form of
a plot in Figure 11.

Figure 11. The Indicated Mean Effective Pressure in the cylinders of additional expansion as a function
of the Indicated Mean Effective Pressure in the fired cylinders.

The course has been approximated by a straight line, and the equation is presented in the chart.
The achieved value for the IMEPadd/IMEPfrd ratio is greater when the IMEPfrd is higher. The highest
value (the last point on the top of the graph) is 0.063. With regards to the relations of the indicated
power, the mentioned ratio will be about 12.6%, as the additional expansion cylinders operate in a
two-stroke mode. This is an important energy recovery ratio in the additional expansion process of the
working medium.

In order to determine the load of the five-stroke engine from which the cylinders of additional
expansion start to give power to the output, the dependence of the Brake Mean Effective Pressure
(BMEP) as a function of the Indicated Mean Effective Pressure of the additional expansion cylinders
(IMEPadd) was defined. Figure 12 shows a graph of this function. Similarly, as in the previous case,
the obtained waveform is approximated by a straight line whose equation is given in the chart.

Figure 12. The Brake Mean Effective Pressure of the five-stroke engine as a function of the Indicated
Mean Effective Pressure of the additional expansion cylinders.
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BMEP values were determined from the value of the torque, taking into account the displacement
volume of the fired cylinders (2 × Vfrd = 992 cm3). The volume of the cylinders of additional expansion
cannot be taken into account while calculating BMEP, because there is no combustion process in these
cylinders. The determination of this function was aimed at finding a load limit before which the
additional expansion cylinders take power from the engine instead of delivering power to the engine.
The value of the intercept of the function from Figure 12 is equal to about 0.6. This means that if the
BMEP is lower than 0.6 MPa, then additional expansion cylinders require power from the engine.
Above this value, the additional expansion process becomes positive for the engine work. Taking into
account the volume of the cylinder, the engine, and the mechanical efficiency, this means that the
assembly of the cylinders of additional expansion transmit additional power to the engine output from
the time when the measured torque exceeds 60 Nm. This fact means that the five-stroke engine would
be most suitable for applications where it would work mainly in the field of medium and high loads.

3.3. Brake Specific Fuel Consumption and Effective Power

The results of this research also allow us to determine the effective power (Pe) and Brake Specific
Fuel Consumption (BSFC) of the engine. In Figure 13, the curves of BSFC and effective power as
a function of engine rotational speed at wide open throttle (WOT) are presented. A stoichiometric
air-fuel mixture composition was maintained.

Figure 13. Effective power and BSFC as a function of engine rotational speed at WOT and with rel.
AFR = 1.0; Brake Specific Fuel Consumption (BSFC); Wide Open Throttle (WOT); Relative Air-to-Fuel
Ratio (rel. AFR).

The minimum value of the specific fuel consumption was 240 g/kW·h. This value was obtained
at a speed of 3000 rpm and a boost pressure pbst of 0.5 bar. For higher values of the rotational speed,
especially for 3600 rpm, the obtained value of the brake specific fuel consumption tended to increase,
which resulted in a discontinuation of the tests for higher values of the rotational speed.

3.4. Mechanical Efficiency of the Tested Engine

For conventional internal combustion engines, calculations of the mechanical efficiency (ηm_cnv)
based on the known indicated mean effective pressure do not pose any problems. This is described by
Formula (3):

ηm_cnv =
BMEP
IMEP

=
Pe

Pi
, (3)

Brake Mean Effective Pressure at a certain rotational speed is determined by measuring the torque
of the engine relative to a displacement volume of the engine and to the engine type, i.e., whether
it is a two-stroke or four-stroke engine. Indicated Mean Effective Pressure is determined based on
the measured in-cylinder pressure as a function of CA. For a multi-cylinder engine, the pressure is
typically measured for one cylinder and it is assumed that all the other cylinders operate in the same
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way. For obvious reasons, for the classic engine, the BMEP/IMPEP ratio is exactly the same as the ratio
of effective power (Pe) to the indicated power of the engine (Pi).

In the case of an engine with the additional expansion of exhaust gas in a separate cylinder,
the situation becomes more complicated. Besides the cylinders, where a conventional four-stroke
working cycle is carried out, the engine has a cylinder for the additional expansion of the exhaust,
which should deliver work to the output of the engine. This cylinder is an integral part of the engine
so its effect cannot be ignored in the analysis of the mechanical efficiency of the engine, because the
calculated value of the mechanical efficiency would be artificially high and, in particular, the engine
operating conditions could prove to be even higher than 1. Under the conditions of a sufficiently
high load of the engine, where the cylinder of additional expansion provides additional power to
the output, its indicated mean effective pressure is higher than zero. In the case of low engine
load when the pressure of the exhaust gas going into the cylinder is low, the additional expansion
cylinder requires additional propulsion from the engine, and the value of the indicated mean effective
pressure becomes negative; of course, the same thing happens to the value of power indicated from
the cylinder. Considering the case above, we conclude that the effect of the operation of the additional
expansion cylinder has to be included in a certain way when determining the mechanical efficiency of
the five-stroke engine. The values of IMEP for the fired and additional expansion cylinders are not
additive. This happens because in a general case they relate the different displacement volumes, and it
should be noted that the fired cylinders operate in four-stroke mode, while the cylinders of additional
expansion operate in two-stroke mode. Avoiding this problem is possible by calculating the mechanical
efficiency from the calculated values of the effective power and the indicated power of the engine.
To determine the mechanical efficiency of the five-stroke engine, the author of this paper proposes a
summation of the indicated power for the fired cylinders Pi_frd and indicated power of the cylinders
of additional expansion Pi_add when the indicated power Pi_add is greater than zero—Formula (4). In
contrast, if the indicated power of the cylinder of additional expansion Pi_add is zero or less than zero, it
acts as a load (like the oil pump, water pump, and alternator), and in this situation the indicated power
of the cylinder of additional expansion Pi_add should not be taken into account while calculating the
mechanical efficiency of the engine with an additional expansion of exhaust gas in a separate cylinder
(ηm)—Formula (5).

for Pi_add > 0, ηm =
Pe

Pi_frd + Pi_add
, (4)

for Pi_add ≤ 0, ηm =
Pe

Pi_frd
, (5)

Figure 14 shows curves of the mechanical efficiency of the engine with the additional expansion
of the exhaust gases for various values of rotational speed and its dependence on the brake torque.

Figure 14. Mechanical efficiency as a function of the load for three different values of the
rotational speed.
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An analysis of the diagram indicates that the obtained value of the mechanical efficiency of
the engine increases with engine load, reaching a value slightly larger than 0.8. This took place at
the rotational speed of 3000 rpm, when the boost pressure pbst was 0.5 bar. It is also seen that in
the analyzed range of the rotational speed of the engine, the mechanical efficiency does not depend
significantly on the rotational speed.

Figure 15 presents charts of the effective efficiency and boost pressure of the tested engine versus
the rotational speed at full throttle (WOT) and with a stoichiometric air-fuel mixture composition.

Figure 15. Mechanical efficiency and boost pressure as a function of the rotational speed at WOT.

The maximum value of the mechanical efficiency of the tested engine was 85.5% and was recorded
at a rotational speed of 3400 rpm. Above this value, the boost pressure increased to 0.9 bar, and
the mechanical efficiency began to decrease. The effect of a significant increase in BSFC was also
demonstrated (shown in Figure 13). The resulting course of the boost pressure indicates that the used
turbocharger starts to work effectively with the tested engine at rotational speeds of 3000–3200 rpm.

4. Discussion

The results of the experimental test of the engine with an additional expansion of exhaust gases
are presented in this study. After the analysis, the author attempted to compare the obtained results
mainly to that from [14], which shows the results obtained for a similar engine, but which was designed
and built from scratch. Summary of the results of the comparison is as follows:

• During the tests, significant differences in the maximum pressure in the two cylinders of additional
expansion were observed. These differences arise from the small area of the cross-section of
the passage between the cylinders. This is a limitation of the base engine. In the developed
engine, there are two smaller cylinders of additional expansion instead of one larger cylinder.
Improvement of the existing motor can consist only of a larger cross-section of the channel, which
connects the cylinders of additional expansion.

• The energy recovery ratio—the indicated power of the additional expansion cylinders—is up
to 12.6% of the indicated power of the fired cylinders. Obstacles to achieving better results
were: high volume of the transfer ports between the fired cylinders and additional expansion
cylinder, as well as the unchanged volume of the former combustion chambers in the cylinders of
additional expansion, and also the division of the additional expansion volume into two cylinders.
Kéromnès et al. showed a significantly higher ratio of the indicated work of the additional
expansion cylinder to the indicated work of the fired cylinder. They obtained a value of about
18%—[14] (p. 265).
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• During the engine testing, a high value of load was obtained, from which the cylinders of
additional expansion of the engine gave power to the output. This was about 60 Nm and was
caused by the limitations of the above-mentioned structure of the base engine, mainly from the
loss of energy in the parasitic volumes. Below 60 Nm of torque, the engine still operates at a
relatively low BSFC, but is related to the effect of downsizing, instead of the additional effects
of the second expansion of exhaust gas. This aspect of the five-stroke engine was not strongly
emphasized in [14]. The problem of the selection of an appropriate displacement volume of the
second expansion cylinder linked to this issue was analyzed by Li et al. in [18].

• This research revealed an additional problem, which was not described in the work content; the
increased consumption of oil lubricating the engine when working with low load. The increased
consumption of lubricating oil is caused by the occurrence of negative pressure in the inlet channel
of the turbine at the opening of the exhaust valves of the engine. This significantly changes the
operation of an oil seal of the turbocharger rotor shaft and the sucking of oil into the exhaust
system occurs.

• The maximum values of the mechanical efficiency of the engine achieved by the author correspond
to the results presented in [14]. This indicates a good level of technical modification made to
the engine.

• The minimum brake specific fuel consumption amounted to 240 g/kWh. One should remember
that the tested engine worked with all the equipment necessary for autonomous operation,
i.e., with the alternator, oil pump, coolant pump, and the high pressure fuel pump. A low-pressure
fuel pump was also supplied from the engine power grid. Kéromnès et al. obtained a BSFC of
226.4 g/kWh, but the engine was working without propelling an oil pump and a water pump,
and probably also without the alternator. A drive of these devices by the engine undoubtedly
caused an increase in the brake specific fuel consumption.

As a summary of this part of the work, Figure 16 shows the results of the above-described
comparisons of these two engines, presented in graphical form.

Figure 16. Comparison of the best results obtained for the engine developed at CUT and that developed
by Kéromnès et al.

Considering the obtained results, but also the indicated imperfections and limitations of the
developed engine, the author plans for further development of the design. These activities will
mostly cover:

• Simulations to optimize the valve timing of the tested engine, or the development of new
camshafts. The current valve timing is based on four-stroke engine settings and is not optimized
for the new engine with a significantly different design and performance.

• An enlargement of the crossover passage between the additional expansion cylinders, and a
reduction of the parasitic volume of the second expansion cylinders by the use of modified
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pistons, since it is the only modification to the combustion chambers of the cylinders of additional
expansion that is possible to make in the developed engine.

• Selection of a turbocharger more matched to the specific parameters of the engine with the
additional expansion of the exhaust gas. The plan is to apply a different turbocharger controlled
by the wastegate valve. The initial analysis of this issue indicated that a VNT-turbocharger may
not be suitable for the tested engine.

• Changing the method of control of the high fuel pressure—a pressure relief valve is currently
used, which introduces a loss of power to the system. the plan is to develop a pressure control
system by varying the flow rate of the high-pressure pump, similar to the base engine. This action
requires the development of a separate electronic controller, because the used stand-alone engine
management system does not offer such feasibility.

• After improving the engine, emissions testing will be carried out and selection of the aftertreatment
system will be made, taking into consideration the specificity of the engine.

5. Conclusions

Basing on the results of the research described in the paper, the following conclusions
were formulated:

• The results obtained by the author are so promising that despite the significant limitations in the
feasibility of developing the design resulting from the adoption of a mass-produced four-cylinder
engine as a base, he intends to lead its further development.

• The engine developed according to the concept of the five-stroke engine has many advantages,
especially if it is designed from scratch, but it also has some drawbacks that make it not quite
suitable for use in the classical drive system of cars. At low loads, there are some problems, such
as the expansion of the exhaust gas below the ambient pressure, which results in energy loss, or
problems with the operation of the turbocharger.

• Under heavy load, the engine achieves high efficiency while maintaining a high power-to-weight
ratio. This makes this type of engine very well suited for applications where would it work with
average high load, that is, for example, as a stationary electric generator or as an engine for the
hybrid powertrain of a motor vehicle, in particular in series arrangement, but also under certain
conditions for a power-split hybrid. A similar application field for such an engine is also indicated
by the authors of study [14], who developed the five-stroke engine as the main power source for
an extended-range electric vehicle or for a series-hybrid arrangement.
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Abstract: In the present work, a numerical methodology based on three-dimensional (3D)
computational fluid dynamics (CFD) was developed to predict knock in a 2-Stroke engine
operating with gasoline Partially Premixed Combustion (PPC) concept. Single-cycle Unsteady
Reynolds-Averaged Navier Stokes (URANS) simulations using the renormalization group (RNG)
k − ε model were performed in parallel while the initial conditions are accordingly perturbed in order
to imitate the variability in the in-cylinder conditions due to engine operation. Results showed a good
agreement between experiment and CFD simulation with respect to cycle-averaged and deviation
of the ignition timing, combustion phasing, peak pressure magnitude and location. Moreover,
the numerical method was also demonstrated to be capable of predicting knock features, such as
maximum pressure rise rate and knock intensity, with good accuracy. Finally, the CFD solution
allowed to give more insight about in-cylinder processes that lead to the knocking combustion and
its subsequent effects.

Keywords: gasoline PPC concept; 2-stroke engine; knocking combustion; CFD modelling; cycle-to-cycle
variation

1. Introduction

The automotive industry is currently confronted with the hard challenge of achieving a
compromise between performance and sustainability [1]. Most research efforts are focused on further
developing spark-ignited (SI) engines and the exploration of new advanced combustion modes due to
their advantages in terms of pollutant emissions [2]. In both concepts, knocking combustion is a major
drawback to achieving higher thermal efficiency.

The overall tendency to knock is highly dependent on engine operating conditions as well as
other aspects such as fuel anti-knock properties or combustion chamber design. It is, therefore, critical
to gain a better understanding of knock generation mechanisms in order to develop robust knock
mitigation strategies.

Owing to the clear propensity to generate extremely high burning rates, Low Temperature
Combustion (LTC) concepts such HCCI (Homogeneous Charge Compression Ignition) [3,4],
PCCI (Premixed Charge Compression Ignition) [5,6] or PPC (Partially Premixed Combustion) [7,8]
could mean a significant improvement [9]. However, the extreme thermodynamic conditions achieved
inside the combustion chamber due to the higher compression ratios and boosting pressures
increase the knock propensity, thereby being an important constraint for their application to
commercial vehicles.
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In particular, PPC operated with low reacting fuels, such as gasoline, have shown encouraging
results to achieve very low pollutant emissions while maintaining, or even improving, the thermal
efficiency [10–12]. Indeed, this combustion concept operated in an innovative 2-Stroke high speed
direct injection (HSDI) compression-ignited (CI) engine [13] offers a good flexibility to control the
combustion timing and to extent the load range [14–16].

This concept operates between completely premixed and fully diffusive conditions, whereby low
pollutant emissions may be attained. However, to achieve these conditions while retaining an accurate
combustion timing control with the injection event remains as the main drawback of this particular
system when operating under transient conditions.

Despite the attractive benefits of this engine system, its complexity due to the large number of
parameters to be managed requires the use of optimization techniques which ensure greater flexibility,
speed and lower costs than purely experimental procedures.

In this framework, the use of computational fluid dynamics (CFD) simulations is nowadays
widely established in both the research community and the automotive industry. Here, aspects such
as the simulation of turbulence and how it couples with the chemistry [17] are still the main limiting
factors for reproducing the reacting flow field accurately. Since the requirements in both fields
tend to differ, specially in terms of time available, the approaches used are also usually different.
While in the industry sector, simulations are based on Unsteady Reynolds-averaged Navier–Stokes
(URANS) turbulence modelling [18,19] and flamelet-based combustion models [20] owing its lower
computational demands, the research community prefer to resort to high-fidelity combustion models
and more complex turbulence schemes such as Large Eddy Simulations (LES) [21] or Direct Numerical
Simulations (DNS) [22].

Although the industry standard tends to simplify the simulations as much as possible, reproducing
only the most pertinent phenomena while dismissing the irrelevant ones, it is not always possible
to meet all requirements in complex situations where there is no clearly dominant phenomenon.
For instance, knocking combustion in SI engines appears as result of a particular situation in which local
thermodynamic conditions are critical. In this context, the recreation of the in-cylinder temperature
field (hot-spots, chamber inhomogeneities, etc.), turbulence field (flow velocity and at the spark plug)
and species distribution (EGR, fuel injection, etc.) is determinant for the knock [9] and CCV prediction.

Misdariis et al. [23] has proven the suitability of multi-cycle LES and dual heat transfer to
reproduce the cycle-to-cycle pressure variations (CCV) under knocking-like conditions [24]. However,
requirements in terms of mesh resolution and runtime are prohibitive for practical applications.
Furthermore, reproducing pressure effects of knock—local pressure oscillations—is extremely
demanding [25–27], further compromising its application to the industry environment.

The main objective of this paper is therefore to develop and validate a robust knock simulation
methodology based on 3D CFD modelling that allow to include knock systematically in the design
process of future automotive engines. In order to achieve this target, several simplifications should
be applied. For example, resorting to single-cycle simulations, using URANS turbulence schemes,
perturbing the initial conditions and other strategies based on the experimental observation.

This paper is organised as follows. First, the engine and test cell specifications are briefly described.
Then, the methodology is widely explained, along with the details of the CFD model. Subsequently,
results from the validation are presented and discussed. A detailed analysis of the knock onset is also
included hindsight. Finally, the paper concludes with a summary of the main findings.

2. Experimental Set-Up

The experimental facility already detailed in previous studies [28,29] was used to obtain the required
data for the CFD model validation. Since the engine specifications and test cell features are widely
described in the literature, only a brief description of them are included in this paper. Nonetheless,
full details about the experimental facility can be found in the following documents [16,30].
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A research version of a 2-stroke HSDI CI engine was used as baseline engine. The main specifications
of the engine and the injector configuration are summarized in Table 1.

Table 1. Main engine specifications of the engine.

Engine 2-Stroke HSDI CI

Fuel (-) RON95 gasoline
Number of cylinders (-) 1

Displacement (cm3) 365
Bore–Stroke (mm) 76.0–80.5

Compression ratio (geometric) 17.8:1
Compression ratio (effective) from 13.0:1 to 8.8:1

Number of valves (-) 2 intake and 2 exhaust

The control of the poppet valves relies on a hydraulic cam-driven Variable Valve Timing (VVT)
system that allows to modify the opening/closing valve timings. Thanks to its flexibility to adjust the
overlap among intake and exhaust periods, and the effective compression-expansion ratios, this system
ensures an adequate in-cylinder flow pattern and optimizes the scavenging of burnt gases by reducing
the short-circuit losses.

The equipped fuel injection system grants a maximum rail pressure of 110 MPa when operates
with RON95 gasoline fuel. This is a prototype Delphi injection system which comes from a common-rail
DFI 1.5 system.

The engine was installed in a completely instrumented test cell which supplies all required fluids
for the engine operation through multiple auxiliary devices. The installation have independent water
and oil cooling circuits and a low EGR system to supply arbitrary levels of cooled exhaust gas in any
operating condition.

The in-cylinder pressure was measured with a Kistler 6061B pressure transducer flush-mounted
between the intake and exhaust valves. A different piezo-resistive pressure sensor located at
the cylinder liner close to Bottom Dead Center (BDC) was used to reference this pressure signal.
Instantaneous signals, such as in-cylinder pressure, were sampled using a state-of-the-art acquisition
system and recorded during 100 engine cycles for each operation condition.

3. Numerical Methodology

The main limiting aspect of traditional methodologies for the validation of CI engines operation,
which are based on reproducing the in-cylinder pressure profile averaged from a given number of
recorded cycles using simple turbulence schemes (URANS), is the incapacity to assess the cyclical
deviation and its subsequent effects on combustion.

The use of more complex turbulence approaches (LES) and the simulation of several consecutive
cycles is currently the standard approach to reproduce the CCV in spark-ignited (SI) engines [31,32] in
which the combustion variability due to the larger turbulent scales is traditionally considered as the
main cause of the cycle-to-cycle variation [33]. However, the huge increase of computational burden
hardly compromises the application of LES modelling in most of the industry cases. Furthermore, it is
not clear that pure stochastic fluctuations could explain the whole variation of flow conditions among
consecutive cycles in gasoline PPC mode.

Available literature on CCV [34] claims that CCV observed in CI engines is mostly originated from
the casuistic variability in fuel mass or trapped-gas conditions, rather than from arising in random
variations in the turbulent flow and combustion process.

Therefore, other authors [35,36] employed URANS schemes to analyse CCV sources in several
LTC strategies, where CCV is larger than in conventional Diesel engines but still far from SI engines.
They investigated the cyclical dispersion from the point of view of the operation uncertainties. The basis
of their approach is to perform many parallel URANS simulations in which one or more key operating
conditions are perturbed about the reference conditions.
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Here, a methodology based on this latter approach was used in an attempt of reproducing the
experimental CCV and its effects on the combustion. Therefore, conditions at the intake valves closing
(IVC) of a baseline cycle simulated were considered as the reference. These conditions, after being
validated to ensure realistic in-cylinder conditions, were artificially modified in order to imitate the
variation of the injected fuel, trapped mass, injection timing, etc.

The selection of those parameters that significantly affect the combustion was made by taking
into account the conclusions obtained by Klos and Kokjohn [35] to reduce the number of parallel
simulations as much as possible. Klos and Kokjohn found clear relationships among the dispersion of
three operating parameters (EGR, mean gas temperature at IVC and fuel mass) and the combustion
behaviour. Thus, these parameters and their recommended variations were utilized for modifying IVC
baseline conditions.

Nonetheless, an additional parameter must be considered in this study since the 2-stroke engine
has a particular in-cylinder flow motion. While in traditional CI engines the swirl flow motion is clearly
dominant, the tumble motion—characteristic of SI engines—prevails in this particular engine design.
As reported by Vermorel et al. [31], the tumble intensity significantly changes among consecutive cycles.
They observed from LES simulations data that the magnitude of this rotational velocity could vary up
to 25% at IVC. Therefore, this parameter was also included together with the other three determined by
Klos. The parameters and their maximum variations used to perturb baseline conditions are displayed
in Table 2. Note that EGR value was replaced by the percentage of combustion products within the
cylinder at IVC, this is an equivalent parameter that define the amount of inert gases available during
the closed-cycle.

Table 2. Baseline operation parameters and ranges of variation for the alteration of the IVC conditions.

Parameter Baseline ± [%]

Combustion products (%) 36.70 1.0 2.7
Temperature (K) 406.30 2.0 0.5

Tumble intensity (-) 4.31 1.1 25.0
Fuel mass (mg/cyc) 19.07 0.191 1.0

In addition to the baseline simulated case, ten parallel closed-cycle simulations were performed
whereas the initial conditions at IVC were accordingly perturbed by randomly distributed variations
of these four parameters to sample the four-dimensional domain.

This procedure was applied to the operation condition detailed in Table 3. This is defined by
a medium speed (1500 rpm) and medium-high engine load (1.04 MPa of indicated mean effective
pressure) that shows moderate levels of knock.

Table 3. Operating settings used for the model validation.

Engine speed (rpm) 1500
Torque (Nm) 49.9
IMEP (MPa) 1.04

Number Injections (-) 3 (pilot + main + post)
SoEmain (cad aTDC) −42.0

Injection pressure (MPa) 85
Intake pressure (MPa) 0.275

EGR (%) 43.66

3.1. Numerical Model Set-Up

The numerical model of the engine was developed using the commercial CFD code
CONVERGE [37]. The numerical domain, as shown in Figure 1, included the complete single cylinder
geometry and the intake/exhaust ports, allowing to perform complete cycle simulations.
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Figure 1. Numerical domain and mesh features of the engine.

The mesh discretization was done using the cut-cell Cartesian method available in the code.
The base mesh size was 3 mm throughout the domain in the reference grid configuration. Three levels
of fixed embedding (0.375 mm of cell size) were added to the walls of the combustion chamber,
ports and region near the fuel injector, to improve boundary layer prediction and the accuracy of
spray atomization, droplet breakup/coalescence, etc. Mesh size in the chamber was reduced by two
levels of embedding (0.75 mm of cell size) after the start of combustion, for an improved recreation of
the interaction and reflection of the pressure waves while avoiding undesired spatial aliasing effects.
The code also employed adaptive mesh refinement (AMR) to increase grid resolution by three levels
of additional refinement (up to 0.375 mm minimum cell size) based on the velocity and temperature
sub-grid scales of 1 ms−1 and 2.5 K, respectively. As a result, the total number of cells varied between
1.5 million at BDC and 0.5 million at Top Dead Centre (TDC). This mesh configuration was achieved
after a grid sensitivity analysis [27], offering a grid-independent solution when simulating combustion
and its produced unsteady pressure field in internal combustion engines.

The Mach Courant-Friedrich-Lewy was set to 1.0 during the combustion in order to properly
capture the local pressure oscillations caused by combustion. Thereby, the calculation time-step was
gathered between 0.05 and 0.5 μs. This value was also obtained from the previously referred work
performed by Torregrosa et al. [27], whose demonstrated that the energy of the unsteady pressure field
is highly sensitive to CFL Mach number, but also that the energy does not change when this parameter
is close to or below one.

The renormalization group (RNG) k − ε URANS model [18] coupled with the heat transfer
approach proposed by Angelberger et al. [38] was chosen for simulating the turbulent properties of
the flow.

For combustion modelling, the SAGE detailed chemistry solver [39] was employed along
with a multi-zone (MZ) approach, with bins of 5 K in temperature and 0.05 in equivalence
ratio [40]. This combustion model, despite not using an explicit turbulent combustion closure [17],
has demonstrated to perform well for simulating spray combustion under URANS schemes in previous
works [41]. A reduced chemical kinetic mechanism for primary reference fuels (PRF) based on
Brakora et al. [42] was used in this work to account for fuel chemistry. A blend of 5% n-heptane and
95% iso-octane was utilized for predicting the physical properties of the gasoline fuel, being a suitable
surrogate for predicting the ignition features of the RON95 gasoline used in experiments. Activating
iso-octane reactions, the chemical mechanism resulted in a 45 species and 152 reactions.
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Coupled with appropriate turbulence models, Kodavasal et al. [43] demonstrated that
a similar combustion approach allows an accurate reproduction of gasoline autoignition,
while other researchers [29,44] established realistic rates of heat release under gasoline
compression-ignited conditions.

The fuel injection was described by the standard Discrete Droplet Model (DDM) [45] and Kelvin
Helmholtz (KH)–Rayleigh Taylor (RT) breakup model was employed to model spray atomization [46].
The injection rate was determined from the experimental injector characterization. This process
measures the mass flow rate and spray momentum flux in a specific test rig [47,48] for the injection
configurations defined a priori in similar real test conditions, in order to provide the most realistic
injection features.

Cylinder wall temperatures were assumed to be constant and estimated using a lumped heat
transfer model [49]. The instantaneous pressure signals registered at intake/exhaust manifolds
were used to fix the inflow/outflow boundaries located at the end of the intake/exhaust ports.
The temperature at these boundaries was considered constant and equal to the time-averaged value
registered at the same manifolds.

This configuration has proven to accurately reproduce the in-cylinder pressure field oscillations
over a wide range of operation conditions and combustion regimes [26,50,51].

4. Results and Discussion

In this section, results from the application of the proposed methodology are presented an
discussed. First, the validity of the numerical solution is verified. Then, the knocking combustion is
visualized and further analysed using several visualization techniques.

4.1. Validation

Following the guidelines depicted during the methodology description in Section 3, a unique
engine cycle was calculated and validated prior to run the multiple parallel executions with the
modified initial conditions. The target of this preliminary step is to obtain a numerical solution that
reproduces the mean behaviour of the experiments.

In this way, experimental and simulated cylinder pressure profiles of the baseline simulation are
compared in Figure 2. As it can be seen, the CFD model correctly predicts the in-cylinder pressure.
Indeed, the predicted pressure shows a similar deviation as measurements dispersion. Although
RoHR traces show that the combustion phasing is slightly delayed and its peak value is minimally
overestimated, they do not affect the maximum peak pressure in a significant way. Given that the
calculation of this parameter depends on material deformations and blow-by losses that the model
does not take into account, this effect may be attributed to a minor underestimation of the effective
compression ratio.

Figure 2. Comparison between measured and CFD calculated results of baseline test, measurements
dispersion is represented by their standard deviation (SD).

149



Appl. Sci. 2018, 8, 1707

Once that the baseline simulation can be considered representative of the real operating conditions,
ten parallel executions were performed with randomly distributed variations of the IVC conditions.
In Figure 3, the same comparison previously done in Figure 2 can be seen but including now the
CCV spread of this latter simulations. As can be seen from the graph, the standard deviation of
simulations is similar to that observed in the measurements proving the validity of the methodology
in this particular case of study.

Figure 3. Comparison between measured and CFD calculated in-cylinder pressure traces of baseline
test, dispersion due to CCV is represented by their standard deviation value.

However, the interest of the analysis is not only to check the performance of the methodology
to reproduce a realistic CCV but also to examine the effects of this variability on the traditional
combustion/knock parameters. In order to accomplish this target, the maximum pressure rise rate and
the Maximum Amplitude Pressure Oscillation (MAPO) are plotted at each measured and simulated
engine cycle in Figure 4. The standard deviation is also included to evaluate the capability of the
methodology to reproduce CCV effects. Again, comparable results were obtained in terms of mean
and dispersion levels for both parameters.

Figure 4. Comparison between measured and CFD calculated results of baseline test, dispersion due to
CCV is represented by their standard deviation value. The maximum pressure rise rate and MAPO are
plotted to compare experimental and simulation results.

4.2. Knocking Combustion Visualization

After the validation of the methodology, an analysis of the knock onset is performed in this
section. The study is conducted for two extreme knocking cases. On the one hand, the simulated cycle
number 8, highlighted in Figure 4, is selected as the upper limit since it exhibit the higher MAPO
value. And, on the other hand, cycle number 9 is chosen as the lower limit, being the cycle with the
slightest knock.
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A series of snapshots were conscientiously chosen and plotted together in Figure 5 for studding
the combustion process. They were specifically selected considering different stages of combustion to
allow a proper visualization of the endgas auto-ignition.

In this figure, the combustion tracking is done by clipping the temperature field at 2000 K and
colouring it by the fuel energy release, thus showing the location of the reaction zones. Besides,
pressure profiles registered at the transducer position are included to distinguish at which cycle step
is located each snapshot while allowing to relate the combustion with its corresponding pressure
effects [51,52].

As can be seen in both sequences of snapshots, combustion starts spontaneously as a result of a
first auto-ignition event located inside the piston bowl where local temperature and mixing conditions
are more favourable. Then, the combustion rapidly progresses by consuming the charge located within
the bowl. At this point, the pressure rise due to combustion compresses the unburned gases at the
squish region, causing the appearance of additional hot spots as a result of a second auto-ignition
event. Looking at the colour scale, the rate of energy released by these hot spots is very localized and
noticeably greater than that released during the previous combustion phase.

Examination of the pressure profiles also reveals that the onset of these hot spots coincides with the
instant at which pressure oscillations become apparent, showing again that this abnormal combustion
event has many similarities with the traditional knocking combustion in SI engines. Furthermore, it is
possible to see that the knock intensity decreases as combustion is shifted towards the expansion stroke.

Besides the visualization of the combustion progress, Figure 5 shows a comparison between two
cycles with heavy and slight knocking conditions. It is clear from this figure that, while the ignition
is produced 2 cad after TDC in the cycle with heavy knock, combustion is delayed almost 2 cad in
the slight knock cycle. Moreover, the burning rate is significantly higher in the former case since
temperature iso-volumes grow faster. Thereby, the endgas auto-ignition is produced closer to the
TDC, contributing to increase the pressure rise and its associated local oscillations to a greater extent.
However, despite these differences, it is important to note that spatial patterns are quite similar at the
knock onset.

Figure 5. Visualization of the combustion process. A sequence of snapshots is depicted in order
to identify the differences between two extreme cases with a remarkable knock level variation.
The combustion process is visualized by clipping the temperature field at 2000 K and colouring
it by the fuel energy release.
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5. Conclusions

In view of the challenges to manage the gasoline partially premixed combustion in
compression-ignited engines, this paper proposes a numerical approach based on multi-dimensional
CFD in order to improve the knowledge and understanding of this particular combustion concept.
In particular, the presented methodology was specifically developed to capture knocking combustion,
allowing an comprehensive analysis of all involved phenomena and their undesired effects.

The proposed methodology allows a realistic estimation of both the cycle-averaged and dispersion
values of the main combustion/knock metrics while keeping the computational burden under
reasonable values. Thereby it offers the chance to include these parameters in the design process,
optimizing them altogether with the rest of relevant emissions and performance metrics.

Combining distinct visualization methods, such as iso-surfaces of temperature and energy release
contours, allowed to identify the differences in the combustion process among two extreme cycles,
thereby enhancing the understanding the knock phenomenon.

Results revealed that the propensity of the knock onset is reduced as the combustion is delayed
towards the expansion stroke. In this sense, cycles with lower burning rates lead to a slight knocking
combustion whereas high burning speed cycles tends to significantly increase the knock.

Nonetheless, further efforts must be taken to confirm, through LES simulations, that URANS is
capturing all relevant phenomena in the knocking combustion. Moreover, further analysis should
be done for providing more insight about the combustion process itself and its related knocking
generation mechanisms.
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Abbreviations

The following abbreviations are used in this manuscript:

AMR Adaptive Mesh Refinement
aTDC after Top Dead Centre
BDC Bottom Dead Centre
cad Crank Angle Degree
CCV Cycle-to-Cycle Variation
CFD Computational Fluid Dynamics
CI Compression-Ignited
DDM Discrete Droplet Model
DI Direct Injection
DNS Direct Numerical Simulation
EGR Exhaust Gas Recirculation
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HCCI Homogeneous Charge Compression Ignition
HSDI High Speed Direct Injection
ICE Internal Combustion Engine
IMEP Indicated Mean Effective Pressure
IVC Intake Valves Closing
KH Kelvin-Helmholtz
LES Large Eddy Simulation
LTC Low Temperature Combustion
MAPO Maximum Amplitude Pressure Oscillation
MZ Multi-Zone
NOx Nitrous Oxides (NO and NO2)
PCCI Premixed Charge Compression Ignition
PPC Partially Premixed Combustion
PRF Primary Reference Fuel
RANS Reynolds-averaged Navier–Stokes
RNG Re-Normalized Group
RoHR Rate of Heat Release
RON Research Octane Number
RT Rayleigh-Taylor
SAGE Detailed Chemistry Solver
SD Standard Deviation
SI Spark-Ignited
SoEm Start of Energizing of the Injector (main injection)
TDC Top Dead Centre
URANS Unsteady Reynolds-averaged Navier–Stokes
VVT Variable Valve Timing
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Abstract: Wall-flow particulate filters are a required exhaust aftertreatment system to abate particulate
matter emissions and meet current and incoming regulations applying worldwide to new generations
of diesel and gasoline internal combustion engines. Despite the high filtration efficiency covering the
whole range of emitted particle sizes, the porous substrate constitutes a flow restriction especially
relevant as particulate matter, both soot and ash, is collected. The dependence of the resulting
pressure drop, and hence the fuel consumption penalty, on the particulate matter distribution along
the inlet channels is discussed in this paper taking as reference experimental data obtained in water
injection tests before the particulate filter. This technique is demonstrated to reduce the particulate
filter pressure drop without negative effects on filtration performance. In order to justify these
experimental data, the characteristics of the particulate layer are diagnosed applying modeling
techniques. Different soot mass distributions along the inlet channels are analyzed combined with
porosity change to assess the new properties after water injection. Their influence on the subsequent
soot loading process and regeneration is assessed. The results evidence the main mechanisms of the
water injection at the filter inlet to reduce pressure drop and boost the interest for control strategies
able to force the re-entrainment of most of the particulate matter towards the inlet channels’ end.

Keywords: internal combustion engines; emissions; particulate matter; wall-flow particulate filter;
pressure drop; soot distribution; particulate layer

1. Introduction

Pollutant regulations applying to compression ignition engines have focused on particulate
matter emissions as one of the main pollutant emissions with which to deal. In Europe, particulate
matter emissions have been restricted from 140 mg/km in Euro 1 to 4.5 mg/km in current Euro 6b.
Besides stringent mass constraints, particulate number is also regulated by Euro 5b applying both
mass and number regulations also to direct injection spark ignition engines. Similar trends are found
worldwide becoming wall-flow particulate filters in a required exhaust aftertreatment device already
present in diesel engines and being progressively adopted in gasoline-powered vehicles.

The reason for the implantation of the wall-flow particulate filters is related to its high filtration
efficiency in the whole range of particle size [1]. However, soot collection into and on the porous
substrate produces a noticeable pressure drop, increasing as soot loading does. In standardized
post-turbine placement, this pressure drop is multiplied by the turbine pressure ratio to define the
increase in engine back-pressure directly damaging pumping work. The result is a non-negligible
fuel consumption and carbon dioxide (CO2) emission penalty [2]. In addition, the typically low
temperature downstream of the turbine makes the use of active regeneration strategies necessary
involving additional periodic fuel consumption.
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Although most of these drawbacks may be overcome with a pre-turbine Diesel Particulate
Filter (DPF) placement [3], which enables conditions for passive regeneration and highly reduces
DPF pressure drop impact on the fuel consumption penalty [4], the need for advanced boosting
architectures to guarantee fast dynamic response [5] is postponing its further development. In the
meantime, efforts are being driven to reduce aftertreatment volume by combining several abatement
functions [6]. Thus, new devices, such as the Selective Catalytic Reduction Filter (SCRF) system,
are gaining in interest. SCRF consists of the combination into a single wall-flow monolith of soot
filtration and nitrogen oxides (NOx) abatement capability by coating the porous substrate with a NOx

Selective Catalytic Reduction (SCR) catalyst [7]. Despite the potential improvement of this solution
in terms of DPF passive regeneration, SCR light-off and conversion efficiency at low temperature,
the combined chemical behavior of soot and NOx is still suggesting doubts concerning the overlapping
of temperature ranges, which can lead to a final slight loss of NOx abatement and passive regeneration
capability [8]. Regardless of the need for further understanding on new particulate filters with
extended chemical functions, this kind of solution does not involve improvements concerning the
fluid-dynamic behavior, i.e., pressure drop. The current context relies on cell geometry or porous wall
optimization concepts, such as asymmetrical cell designs with different inlet channels geometry [9] or
a two-layer substrate combining different micro-geometry properties [10]. These solutions contribute
to partially mitigate the DPF impact on engine performance by changing the pressure drop to soot
loading dependence. However, these parameters are still closely related, and the effects concerning
fuel consumption are in the best case only slightly displaced to higher soot loading [11].

Under this context, pre-DPF water injection emerges as a technique able to reduce pressure
drop with respect to a baseline DPF, making it independent of the particulate matter loading [12].
It leads to clear advantages in terms of fuel economy and CO2 emission. Secondarily, the particulate
matter accumulation capacity is also increased. This feature is beneficial both in terms of ash
through the reduction of maintenance requirements and soot, whose active regeneration can become
exclusively controlled by soot mass loading instead of pressure drop criteria, thus avoiding an excessive
regeneration temperature. Previous works [13] have hypothesized the water drag of the particulate
matter towards the inlet channels end as the main cause of the pressure drop reduction without
soot mass removal. This kind of restructuring is in agreement with findings about the influence of
the ash deposition pattern along the inlet channels. While ash deposition mixed with soot on the
particulate layer produces a great pressure drop [14], ash deposition in the rear end region leads to
lower pressure drop. Rear end deposition of ash is explained by exhaust gas drag during long-term
engine operation [15]. This kind of mechanism, i.e., soot restructuring during engine operation, would
also contribute to explain why different pressure drops are usually found for the same engine operating
conditions and soot loading under real driving operation. In the case of pre-DPF water injection, the
drag process is forced by controlled periodic injection events affecting both soot and ash.

In this work, the impact of the particulate layer characteristics along the inlet channel is discussed.
The analysis is guided by a computational study carried out with a one-dimensional gas dynamic
code for wall-flow DPFs [16]. Parametric studies focus on the effect of the particulate layer thickness
profile (soot mass distribution) combined with porosity to identify the solution domain that would
provide the pressure drop obtained experimentally and its increased rate after pre-DPF water injection.
The conclusions of the theoretical analysis are also supported by visualization of monolith substrates
analyzed after pre-DPF water injection and in baseline conditions. As a final step, the influence of the
particulate layer restructuring on the regeneration process is also explored by means of the modeling
of experimental data obtained during active regeneration.

2. Wall-Flow DPF Model

The computational study performed in this work is based on the use of a wall-flow DPF
model developed in previous works, which is next briefly described. The model is integrated into
OpenWAM™(Version 2.2, CMT-Motores Térmicos, Valencia, Spain), which is an open-source gas
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dynamics software developed at CMT-Motores Térmicos [17,18]. The model solves the conservation
equations in a single pair of inlet and outlet channels assuming non-homentropic one-dimensional
unsteady compressible flow:

• Mass conservation:

∂
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ρjFj
)
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+
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(
ρjujFj

)
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• Chemical species conservation:
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In Equations (1)–(4), j identifies the type of monolith channel (0 = outlet, 1 = inlet) and takes into
account the existence of the particulate layer. Figure 1 shows schematically the way in which the DPF
channels are discretized in the axial direction, as well as the cross-section of an inlet monolith channel
identifying the main geometrical characteristics of the cell.

Figure 1. Scheme of the axial and cross-sections of Diesel Particulate Filter (DPF) channels.

The flow field of inlet and outlet channels is conditioned by the source terms related to flow across
the porous media, which are governed by Darcy’s equation applied along the particulate layer and the
porous wall [16]. Thus, the filtration velocity at every axial node of the inlet channel can be calculated
as a function of the pressure difference between the inlet and outlet channel, the cellular geometry and
the permeability of every porous medium:

uwin =
pin − pout

μinww
kw

ρin(α−2wpl)
ρoutα

+
μin(α−2wpl)

2kpl
ln
(

α
α−2wpl

) (5)

Accordingly, the filtration velocity corresponding to the outlet channel is then obtained
considering the continuity equation between the inlet and outlet interface of the porous media:

uwout =
uwin ρin

(
α − 2wpl

)
ρoutα

(6)
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The solution of the governing equations is obtained applying finite difference methods.
In particular, the two-step Lax and Wendroff method (2LW) [19] adapted to porous medium channels
is coupled with the Flux-Corrected Transport (FCT) technique [20]. The monolith channels are coupled
to inlet and outlet volumes, which are included to account for the inertial pressure drop contribution
because of flow contraction and expansion. The volumes are solved by a filling and emptying method
and its connection to the monolith applying the Method of Characteristics (MoC) [21] adapted to solve
the boundary conditions of inlet and outlet porous channels [22], as indicated in Figure 1.

According to Equation (5), the filtration velocity is dependent on the gas and porous media
properties and the monolith meso-geometry. Both the porous wall and particulate layer permeabilities
are obtained as a function of the porosity of the medium (ε), the collector unit diameter (dc) and the
slip-flow correction given by the Stokes–Cunningham Factor (SCF) as [23]:

k = f (ε) d2
c SCF (7)

In particular, the permeability of the porous wall is calculated considering that the soot penetration
is only partial [24,25], so that Equation (7) is applied to a soot-loaded porous wall thickness and to the
complementary one, which is considered to be kept fully clean:

kw,e =
kwkw0

fwkw0 + (1 − fw) kw
(8)

In Equation (8), fw represents the fraction of porous wall thickness where soot is collected; kw0 is
the permeability of the clean porous wall; and kw is the permeability of the loaded porous wall.
The properties of the soot loaded porous wall are obtained from clean conditions applying the packed
spherical particles theory [26]. The diameter of the collector unit as soot is collected is obtained applying
Equation (9)

dc,w = 2

(
d3

c,w0

8
+

3mscell

4πχρs,w

) 1
3

, (9)

where the apparent density of the collected soot is defined as the product of the density of soot
aggregates of mean fractal dimension (ρs,w) [27] and a shape factor (χ) representing the irregular
deposition of the soot around the collector unit [23]. The variation of the collector unit diameter as the
porous wall is loaded involves the change of the porosity. Knowing the cell unit diameter (dcell,w) from
clean conditions,

dcell,w =
dc,w0

(1 − εw0)
1
3

(10)

the porosity under soot loading conditions is obtained as:

εw = 1 − d3
c,w

d3
cell,w

. (11)

Besides permeability, the change in porous wall properties also determines the fluid-dynamic
field in the inlet channels as the soot loading takes places and governs the variation in filtration
efficiency [28]. Brownian diffusion, interception and inertial deposition mechanisms are considered to
compute the filtration efficiency of an isolated collector unit. Integrating within the packed bed control
volume using the pore velocity as characteristic velocity for the particles due to the proximity among
collectors [29], the filtration efficiency of the porous wall yields:

Ef ,w = 1 − e−
3ηDRI (1−εw)ww fwSc

2εwdc,w (12)
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where ηDRI is the filtration efficiency of an isolated collector unit due to the combination of the related
collection mechanisms.

Once the transition from deep bed to cake filtration regimes is completed, the porous wall
properties remain constant, and the particulate layer acts as a barrier filter. Thus, all collected soot is
assumed to be deposited on the particulate layer, varying its thickness.

The amount of soot loading is determined every time-step accounting for the balance between
filtrated and regenerated soot mass. Incomplete soot oxidation due to oxygen (O2) and nitrogen dioxide
(NO2) is considered [30]. The variation of these reagents is solved separately across the particulate
layer and the porous wall thickness for every reagent [31] as:

∂Xn

∂z
= −Spknαn

uw
, (13)

where subscript n identifies O2 or NO2, X is the molar fraction, Sp is the soot specific surface,
αn the stoichiometric coefficient and kn the kinetic constant, which is temperature dependent according
to an Arrhenius-type equation. Knowing the depletion rate of every gaseous reagent across the
particulate layer and the porous wall, the amount of regenerated soot per time-step and control volume
can be obtained as:

Δnn = ΔXnuw A f CgasΔt (14)

ms,reg = MC

(
−ΔnNO2

αNO2

− ΔnO2

αO2

)
(15)

where n represents the reagent moles, A f is the filtration area, Cgas is the gas concentration and MC is
the soot molecular weight, which is assumed to correspond to carbon.

The rate of heat generated by the soot oxidation is included in the thermal balance solved in
the porous substrate of every control volume in which the channels are axially discretized. The heat
transfer model [32] is based on a bi-dimensional discretisation of the porous media between a pair
of inlet and outlet channels. Besides the regeneration heat source, the model accounts for thermal
inertia, convection gas to solid heat transfer, heat conduction across the substrate both in the axial
and the tangential directions, as well as radial conduction towards the external canister, whose wall
temperature is also computed taking into account heat transfer to the ambient environment.

3. Experimental Setup

The main details of the experimental setup and tests shown in this work are next briefly described.
Further description can be found in [12]. In this work, the results of all tests to which a wall-flow
DPF was subjected aimed to characterize its response against the use of pre-DPF water injection are
presented. The main characteristics of the wall-flow DPF are summarized in Table 1, where it is
identified as DPF #A.

Table 1. Characteristics of wall-flow DPFs.

#A #B
[33] [34]

Diameter (D) (mm) 132 140
Channel length (L) (mm) 200 230
Honeycomb cell size (α) (mm) 1.48 1.42
Porous wall thickness (ww) (mm) 0.31 0.46
Cell density (σ) (cpsi) 200 180
Porosity (εw0 ) (-) 0.41 0.41
Mean pore diameter (dpw0

) (μm) 12.1 18.55
Permeability (kw0 ) (×10−13 m2) 2.49 5.85
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The test campaign was conducted in a Euro 4 turbocharged diesel engine for passenger car use.
The main characteristics of the engine are shown in Table 2. The engine was installed in a completely
instrumented test cell equipped with all of the required auxiliary facilities for its operation and control.
Engine speed and torque were controlled by connecting the engine to an asynchronous dynamometer
both under steady-state and transient operating conditions. The engine was also instrumented with
sensors to measure the main magnitudes of operation, such as temperature and mean pressure along
the intake and exhaust lines, air mass flow, fuel consumption and turbocharger speed. All of these
data were completed with the electronic control unit and test cell parameters.

Table 2. Basic engine characteristics.

Type HSDI Diesel Passenger Car

Emission standards Euro 4
Displacement 1997 cm3

Bore 85 mm
Stroke 88 mm
Number of cylinders 4 in line
Number of valves 4 per cylinder
Compression ratio 18:1
Maximum power @ speed 100 kW @4000 rpm
Maximum torque @ speed 320 Nm @ 1750 rpm
Aftertreatment Close-coupled DOC + Underfloor DOC-DPF

In the particular case of the DPF, its pressure drop was measured by placing two piezoresistive
transducers in the inlet and outlet cones of the DPF canning. The temperature was also measured
in these locations with K-type thermocouples. The water was injected at the DPF inlet by means of
a simple calibrated nozzle [12]. The assessment of the filtration efficiency was performed based on
the particle concentration measurements upstream and downstream of the DPF with a TSI™EEPS
(Engine Exhaust Particle Sizer) spectrometer.

3.1. Tests

Several types of tests were performed in order to evaluate the pre-DPF water injection technique
impact on the DPF performance. Every kind of test was repeated twice, thus comparing the test under
baseline engine and DPF operation (without pre-DPF water injection) against the test in which pre-DPF
water injection was applied.

Several DPF soot loading tests were performed to analyze the effects on the DPF pressure drop
of the pre-DPF water injection technique under controlled conditions. In particular, a soot loading
tests up to 30 g (11 g/L) in soot mass has been selected as a basis for the pressure drop and filtration
efficiency study presented in this work. During all soot loading tests, the engine was run at 2500 rpm
and 28% in engine load being the exhaust gas recirculation rate 16%.

After every soot loading test, the engine was subjected to different operating conditions in order
to verify the pressure drop decrease and fuel economy benefit in a wider range of operation. The study
covered driving cycles, motoring conditions at several engine speeds and steady-state operating
conditions of low engine load. Finally, the DPF was regenerated applying an active regeneration
based on an in-cylinder post-injection strategy. A regeneration process has been also selected for its
modeling in the present work. In the selected test, the DPF was firstly loaded up to 60 g followed by
two consecutive New European Driving Cycles (NEDC) before regeneration. This DPF loading process
was repeated twice covering baseline operation and use of pre-DPF water injection, thus allowing the
comparison of the corresponding regeneration processes.
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4. Discussion of the Results

4.1. Pressure Drop

Figure 2 shows the DPF pressure drop during the soot loading tests up to 30 g in soot mass.
According to the experimental analysis presented in [12], the restructuring of the soot deposits in the
particulate layer was hypothesized as the main cause to explain the decrease in pressure drop after
every injection event and the capability to limit maximum pressure drop regardless of the amount of
collected soot. This hypothesis has been analyzed in this work diagnosing the main particulate layer
properties. A variety of soot mass distributions in the particulate layer with different effective porosity
have been computed applying the wall-flow DPF model. The porous wall has been kept saturated
with a soot penetration thickness of 2%. These characteristics are based on the results obtained from
the modeling of the soot loading process up to the first water injection event, which are described
in [28]. Therefore, the objective has been to identify the main trends in particulate layer properties’
variation that provide the pressure drop after a pre-DPF injection event.

Figure 2. Soot loading test in DPF #A defining the conditions of the parametric studies.

In particular, the pressure drop at the end of the injections marked with a red circle in Figure 2 has
been analyzed. The selected pressure drop value is the one after the end of the thermal transient that
follows a pre-DPF water injection. This value determines the benefit in pressure drop reduction [12].
For the sake of simplicity, the properties of all inlet channels have been assumed to be the same,
which implies the assumption of a homogeneous water distribution within the monolith cross-section.
Therefore, the results of the parametric study must be understood as lumped representative properties
of the collected soot.

According to the results presented in [28] and as the boundary condition for the modeling work,
the particulate layer porosity before the first water injection event is known to be 0.65. This data were
obtained assuming that the representative collector unit diameter in the particulate layer is that of the
mode of the particle size distribution (69 nm). Nevertheless a range of particulate layer porosity from
0.4–0.97 has been considered in this work. It provides a wide range to analyze the possible effect of
particulate layer compaction at the same time that the maximum values of porosity reported in the
literature [35] have been covered.

Concerning the soot mass distribution, an increase of the particulate layer thickness has been
assumed along the inlet channels till the plug end. In every axial location, the thickness of the
particulate layer is assumed to be homogenous on all of the channel walls. Linear and parabolic laws
to define the rate of thickness increase have been explored. In addition, the particulate layer thickness
is assumed to be very thin and constant from the inlet cross-section up the a given distance from which
the increasing thickness profile is imposed. This distance, which will be referred to as the onset of the
soot mass distribution (δpl) from now on, has been also varied in order to determine its impact on the
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pressure drop. This study is based on the conclusions obtained from Scanning Electron Microscope
(SEM) analysis [34]. Figure 3 shows SEM pictures corresponding to two different samples of DPF
#B, which was loaded with 44.6 g. The pictures show the cross-section of an inlet channel at two
different distances from the monolith entrance. One of the samples was subjected to a pre-DPF water
injection. Both cases show that the penetration is very small, as concluded from experimental [25] and
modeling [23] studies, just affecting the porous wall rugosity. On the one hand, the baseline sample
shows a similar thickness of the soot cake both at the inlet and rear end. On the other hand, the case
of the sample subjected to water injection shows an irregular thin particulate layer at the inlet region
of the channel. The soot tends to be accumulated in the end region of the channel close to the plug.
This is confirmed by Figure 4, which shows three pictures of the rear end (21.5 cm from monolith inlet)
in different inlet channels. A clear random accumulation of soot layer fragments can be observed.
Its effect can be assumed equivalent to a fast increase of the particulate layer thickness in this region,
thus decreasing the inlet channel effective cross-section area.

b) Baseline - 20.5 cma) Baseline - 2.5 cm

d) Water injection - 20.5 cmc) Water injection - 2.5 cm

1mm

1mm

1mm

1mm

Figure 3. Scanning Electron Microscope (SEM) pictures of the cross-section of DPF #B inlet channels
with the same soot loading at different locations in baseline and after water injection conditions:
(a) baseline at 2.5 cm; (b) baseline at 20.5 cm; (c) pre-DPF water injection at 2.5 cm; (d) pre-DPF water
injection at 20.5 cm.

a) b) c)

Figure 4. Pictures of soot agglomerates accumulation in the rear end of three inlet channels (21.5 cm
from monolith inlet) after water injection in DPF #B.
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The swept-in particulate layer porosity and onset of the soot mass distribution provide
an extensive family of particulate layer structures. Figure 5a shows how the particulate layer porosity
changes the soot thickness along the inlet channels. The grey dashed series represents the particulate
layer thickness just before the first injection event, the particulate layer porosity being 0.65. In all
remaining cases, the soot mass distribution is exactly the same, i.e., at a given point, the amount of soot
is the same at any particulate layer porosity. In these examples, the onset of the soot mass distribution is
at δpl = 0.1 m from the inlet monolith cross-section imposing a parabolic profile. Therefore, the change
in porosity is the responsible of the different cake thickness according to Equation (16):

wpl,i =
αin −

√
α2

in −
ms,pl,i
Δxρpl

2
(16)

where subscript i identifies the node of computation along the channel. The density of the particulate
layer (ρpl) is a function of the carbon density and the porosity of the particulate layer:

ρpl = ρC

(
1 − εpl

)
(17)

Figure 5. Effect of particulate layer porosity and soot mass distribution onset on the particulate layer
thickness profile in DPF #A.

Below a porosity of 0.6, the particulate layer thickness is very thin along the whole channel.
However, as the porosity increases, the thickness undergoes a faster growth, as clearly observed for
0.95 in porosity. The differences in thickness become evident from the very beginning of the soot mass
distribution onset and increase towards the inlet channel rear end. In contrast to porosity, the onset of
the soot mass distribution in the particulate layer, whose effect is represented in Figure 5b, gives rise to
quite homogeneous cake thickness, most of the differences being concentrated in the rear end region.
This is especially evident as the soot mass distribution is moved back, which produces a sharp rate of
thickness increase from 0.15 m in the onset length.

The DPF pressure drop resulting from the parametric study imposing experimental inlet flow
conditions and soot loading after the water injection is shown in Figure 6 for Injections 1, 5, 9
and 13. A parabolic soot mass distribution is considered in these computations. In all plots, the
white line represents the solution domain corresponding to the experimental pressure drop value for
every injection.
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a) Pressure drop after 1 injection [Pa]
st

b)  Pressure drop after 5 injection [Pa]
th

c) Pressure drop after 9 injection [Pa]
th

d)  Pressure drop after 13 injection [Pa]
th

Figure 6. DPF pressure drop as a function of the particulate layer porosity and the soot mass distribution
onset after different injection events in DPF #A.

As observed in all cases, moving back the soot mass distribution onset provides an almost linear
decrease of the pressure drop regardless of the particulate layer porosity. This is shown in Figure 7,
which presents the pressure drop dependence on the onset of the soot mass distribution for the
parabolic profile and different water injections. The maximum pressure drop is always found when the
onset of the particulate layer is placed close to the monolith inlet. This means that the worst loading
conditions of the DPF are determined by an homogeneous particulate layer along the whole channel,
which is the natural profile towards soot loading processes’ convergence [28]. These results evidence
the interest for soot and ash accumulation in the rear end of the inlet channels. On the other hand,
given any onset for the growth of the particulate layer thickness, the pressure drop decreases as the
porosity increases. These kinds of conditions would be caused by an engine operating at high mass
flow, thus at medium-low temperature, thus resulting in a high Peclet number [35]. In addition, the
impact is greater in homogenous soot mass distribution and as soot loading increases. Higher soot
loading correlates with the injection number according to Figure 2, i.e., the 13th water injection takes
place at higher soot loading conditions.

Keeping as a reference a particulate layer porosity of 0.65, the analysis of the plots in Figure 6
reveals that the experimental pressure drop obtained in DPF #A after the first pre-DPF water injection
can be only attained provided that the particulate layer begins its growth several centimeters after the
channel inlet (∼4.5 cm). This trend is more clear as the number of injections increases, even taking
into account that the pressure drop after the thermal transient related to the injection event grows up
from 8500 Pa–9200 Pa. In the 13th water injection, the growth of the particulate layer should begin at
12.5 cm from the monolith inlet, assuming that the particulate layer porosity is kept in 0.65. Therefore,
the onset of the soot mass distribution is progressively moved towards the channel end as the amount
of soot increases. This fashion in soot mass distribution in the particulate layer explains the need to
increase the target pressure drop after the 13th water injection that was necessary to impose during
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the soot loading test shown in Figure 2. In order to ensure the effectiveness of the water injection
technique [12], it is necessary to allow the particulate layer thickness to grow again along the inlet
channels before to perform the next water injection. In addition, it is worth noting how the rear soot
accumulation should be more intensive if the porosity of the particulate layer decreases as a result
of a water compaction process. According to Darcy’s law, this effect indicates that the permeability
decrease caused by the porosity reduction has much more negative impact than the benefits brought
by a thinner particulate layer. Figure 8 represents the particulate layer permeability as a function of
the porosity, according to Equation (7). In contrast, the thickness is a function of the porosity, the soot
distribution profile and, consequently, the axial location along the inlet channel, in agreement with
Figure 5.

Figure 7. Impact of the onset of the soot mass distribution on the DPF pressure drop as a function of
the particulate layer porosity and the soot mass loading (number of injections) in DPF #A.

Figure 8. Particulate layer permeability as a function of the porosity.

Based on these magnitudes, the resulting pressure drop is finally defined by the filtration velocity.
Figure 9a shows the filtration velocity profile along the inlet channel for a particular onset of the soot
mass distribution (δpl = 0.11 m) as a function of the particulate layer porosity after the first water
injection. As the porosity decreases, the filtration velocity gets reduced in the initial inlet channel
region. However, the filtration velocity is higher for low porosities in the rear end region. The flow
tends to accumulate in the rear end of the inlet channel increasing the gas pressure because of the
lower permeability related to low porosity. As a consequence, more mass flow passes across the
thicker particulate layer region at higher velocity when the porosity decreases, thus leading to higher
pressure drop. Complementarily, the filtration velocity profile for a particular porosity (εpl = 0.75) is
represented in Figure 9b as a function of the soot mass distribution onset. In this case, the filtration
velocity gets reduced in the thin particulate layer region as the onset is moved back. Despite an
intermediate region with the highest filtration velocity, it gets the minimum value also in the rear
end, where the particulate layer has the maximum thickness. This kind of profile leads progressively
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to the almost linear pressure drop decrease shown in Figure 7 as the soot mass distribution onset is
moved back.

Figure 9. Filtration velocity profile as a function of the soot mass distribution onset and the particulate
layer porosity after the first water injection event in DPF #A.

Several combinations of values of particulate layer porosity and onset of the soot mass distribution
provide the experimental pressure drop, i.e., the white line represented in the plots of Figure 6. This is
due to the influence of these variables on filtration velocity and particulate layer permeability and
thickness. Figure 10 represents a set of filtration velocity profiles determined by combinations of
particulate layer porosity and the onset of soot mass distribution that reproduce the experimental
pressure drop after every water injection event. In all cases, the compaction of the particulate layer
must be accompanied by moving back the soot mass distribution since it leads to lower filtration
velocity both in the thin layer region and in the rear end region, reducing the length of the transition
from fast to slow velocities. This trend is more apparent as the amount of soot and the number of
injections increase, since the soot is progressively dragged towards the rear end of the inlet channels.

Figure 10. Filtration velocity profiles for different soot mass distribution onsets and particulate layer
porosities providing the experimental pressure drop after every modeled injection event in DPF #A.
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The analysis of the pressure drop after the water injection events provides general trends on the
change of the particulate layer properties. In order to describe with higher detail its characteristics
after every injection, several pairs of particulate layer porosity and soot mass distribution onset were
selected to model the soot loading process following the injection event. Figure 11 represents the cases
for the first and the 13th water injections. As shown in (a), the slope of the pressure drop after the
first water injection is very sensitive to the properties of the particulate layer. In fact, the best fitting
for the soot loading process is obtained for the case of no effects on the particulate layer porosity,
whose reference value before injection is 0.65, just a minimum drag of the particulate layer with
an onset of the soot mass distribution in 0.045 m being required. Shorter drag would have minor
effects on the pressure drop increasing rate, but requiring higher porosity of the particulate layer than
baseline. By contrast, noticeable drag of the particulate layer after the first injection would require
great compaction of the particulate layer, leading to small porosity values and to an excessive slope
of the pressure drop increase as a function of the soot loading. As the number of injections increases,
the slope of the pressure drop loss sensitivity to the particulate layer properties since the onset of
the soot mass distribution increases for all possible porosities. As shown in the 13th water injection,
in which the effectiveness of the injection process is limited, the onset of the soot mass distribution is
within a small range. Nevertheless, it is interesting to note that there is still a valid solution for the
baseline porosity, which confirms that the compaction effect of the water can be considered negligible.

Figure 11. Influence of the soot mass distribution onset and the particulate layer porosity on the rate of
increase of the pressure drop after water injection events in DPF #A.

To finish the analysis of the pressure drop reduction causes, Figure 12 represents the obtained
results for the first and 13th water injections imposing a linear soot mass distribution instead of
a parabolic profile. As observed, all of the general trends previously described can be considered
independent of the kind of soot mass distribution law defining the particulate layer. The main
difference is related to the onset of the soot mass distribution, which should be delayed in the case
of a linear distribution. This is why this kind of soot distribution imposes, for a particular onset,
less soot moved towards the rear end in comparison to a parabolic distribution. Nevertheless, the order
of magnitude of the solutions is very similar and proves that a lumped representation of the inlet
channels cross-section provides good accuracy to understand the mechanism leading to pressure drop
reduction after pre-DPF water injection.
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a) Pressure drop after 1 injection [Pa]
st

b)  Pressure drop after 13 injection [Pa]
th

Figure 12. DPF pressure drop as a function of the particulate layer porosity and the soot mass
distribution onset in DPF #A imposing a linear soot mass distribution.

4.2. Filtration Efficiency and Regeneration

Experimental data confirmed that the use of pre-DPF water injection does not affect the filtration
efficiency of the DPF [36], which was between 99.35% and 99.85% (number-based filtration efficiency)
during the soot loading process shown in Figure 2. According to the theoretical and visualization
results shown in Section 4.1, this behavior can be justified based on the lack of variation of the soot
penetration into the porous wall, keeping a saturated portion that acts as a barrier filter of high
collection efficiency. It ensures high filtration efficiency in the entrance region before the onset of
the particulate layer. In addition, the sparse thin particulate layer along the inlet channels and its
concentration towards the end region also contribute to ensure the filtration performance of the DPF.
Thus, the theoretical mass-based filtration efficiency is over 99.95% for all considered particulate layer
characteristics, as shown in Figure 13 for operating conditions after the first and 13th water injections.

a) Filtration efficiency after 1 injection [-]
st

b)  Filtration efficiency after 13 injection [-]
th

Figure 13. Filtration efficiency as a function of the particulate layer porosity and the soot mass
distribution onset after different injection events.

With respect to the regeneration behavior, previous works showed the lack of relevant influence
of pre-DPF water injection on passive and active regeneration processes based on pressure drop
and outlet gas temperature evolution [12]. In this work, an active regeneration process have been
modeled. Figure 14 shows in (a) the experimental and modeled pressure drop variation along the
active regeneration, while (b) is devoted to the temperature fashion. In both tests (baseline and
applying consecutive water injections), the DPF was previously loaded up to 60 g. After the soot
loading, two consecutive NEDCs were performed before active regeneration. Details on the soot
loading can be consulted in [12]. At the beginning of the regeneration, lower pressure drop in the
case of the soot loading applying pre-DPF water injections can be clearly observed. This is even
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obtained with higher temperature along the monolith (higher outlet gas temperature), whose effect is
the pressure drop increase (lower gas density). The interest for these tests is in fact such a difference
in outlet temperature at the beginning of the regeneration. The outlet gas temperature is higher
in the case of the DPF sample subjected to water injections. This is due to the fact that a longer
thermal stabilization period took place in this case before the regeneration started. Being that the
inlet gas temperature is equal during the two regenerations and the outlet one higher in the pre-DPF
water injection sample, a faster regeneration process is expected for this last case. This result is also
deduced from the pressure drop dynamics, which is properly predicted by the model for both tests.
The temperature peak at the DPF outlet is almost equal in both tests, obtaining also consistent modeled
results. The gas temperature within the monolith, which is shown in Figure 15, is also very similar
in both regenerations. The temperature increase is faster in the pre-DPF water injection case mainly
due to higher initial temperature. Nevertheless, this situation does not promote hot spots’ appearance
keeping the maximum temperature in the same order of magnitude as the baseline regeneration.

Figure 14. Caption can be rewritten as: Comparison between experimental and modeled (a) DPF
pressure drop and (b) gas temperature during active regeneration: baseline vs. pre-DPF water injection.

Figure 15. Gas temperature evolution during the regeneration process in different locations of the monolith.

Nevertheless, a more detailed analysis of the modeling results provides interesting insights.
Figure 16a shows the evolution of the DPF soot mass during the regeneration process. The soot mass
depletion rate is higher in the case of the pre-DPF water injection during the first seconds of the
regeneration, but it gets progressively slower. In fact, the amount of soot still accumulated into the DPF
in the case of the pre-DPF water injection is clearly higher from 200 s on. Therefore, the fast reduction in
pressure drop during this test can be only explained by non-uniformity in the soot depletion rate along
the monolith. Figure 16b shows the variation in particulate layer thickness during the regeneration
process in different channels’ locations. In the baseline regeneration, the change in particulate layer
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thickness follows the same dynamics at all distances observing just some delay towards the monolith
rear end governed by the thermal transient. This is confirmed by the soot depletion rate and the O2

outlet mass fraction shown in (c) and (d) of Figure 16, respectively. This behavior is governed by
the filtration velocity, which is shown in Figure 16e. It is very homogenous along the inlet channels,
thus leading to similar gas mass flow and dwell time.

Figure 16. Comparison of the evolution of (a) soot mass; (b) particulater layer thickness; (c) soot
depletion rate; (d) outlet O2 mass fraction and (e) filtration velocity during active regeneration: baseline
vs. pre-DPF water injection.

Nevertheless, the different initial particulate layer thickness in pre-DPF water injection case
conditions its subsequent reduction dynamics along the regeneration process. Figure 16b confirms
how the particulate layer reaches a thin thickness and disappears very fast up to the intermediate inlet
channel region. It explains the fast pressure drop reduction inducing to conclude that the regeneration
is close to the end. However, the oxidation of soot in the rear end region, where most of the soot
has been dragged, is very slow. It is interesting to note that according to Figure 16c, the depletion
rate is very similar in the inlet and rear end region, being maximum in the middle region. This is
explained by the filtration velocity. It is very high at 6 cm from the very beginning because of the thin
particulate layer. Consequently, the soot depletion rate is determined by a reduced dwell time, but
high gas temperature and O2 concentration (outlet mass fraction shown in Figure 16d). As a result, the
soot depletion rate is high enough to quickly remove the particulate layer. As the particulate layer is
progressively removed along the inlet channels, the filtration velocities tend to coincide, as deduced
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from the analysis of the filtration velocity at 6 cm and 12 cm. Compared to these distances, the soot
depletion rate in the rear end (18 cm), where the particulate layer is thicker, is as high as at 6 cm.
However, the filtration velocity is very small. It provides high dwell time, favoring soot oxidation,
but the small total amount of O2 mass (despite high inlet concentration) produced is all consumed,
thus limiting the soot depletion rate. This behavior is more penalized as soot is oxidized in the inlet
and middle channel regions because the flow tends to go across the porous wall in these sections.
Consequently, the filtration velocity is further reduced in the channel rear end, slowing down the final
regeneration phase.

5. Conclusions

A modeling work conducted on the understanding of the causes of pre-DPF water injection
effects on wall-flow DPF pressure drop, filtration and regeneration response has been presented.
A one-dimensional wall-flow DPF model has been applied to explore how the soot mass distribution
in the particulate layer formed on the inlet channels walls and the porosity of the particulate layer
influence on pressure drop. Good agreement has been found between experimental data, optical
visualization of the monolith channels and modeling of pressure drop. In fact, the modeling results
of the pressure drop after pre-DPF water injections events have confirmed that the soot mass on the
particulate layer must be moved back as a required condition to reduce the DPF pressure drop.

Although the onset of the soot mass distribution is dependent on the particulate layer porosity,
the modeling of the soot loading after every injection event has demonstrated that the particulate layer
compaction has a negligible impact. Likewise, parabolic and linear soot mass distribution profiles
have been computed obtaining just minor changes to the onset of the soot mass distribution. The main
outcomes on the mechanism governing the pressure drop reduction are not sensitive to this parameter.

In agreement with experimental data obtained in previous works, modeling results indicate that
the filtration efficiency is not modified by pre-DPF water injection. The reason lies in the fact that the
porous wall is kept saturated acting as a barrier filter. However, the conclusions on the regeneration
dynamics during active processes obtained from experimental data have been contradicted by the
modeled results. The results obtained in this work evidence that the soot depletion rate when the
DPF has been subjected to water injection is non-uniform along the inlet channels, in contrast to the
baseline case. In fact, the entering and middle regions are quickly regenerated. This makes the pressure
drop rapidly decrease. However, the rear end region of the inlet channels behaves as a plug end,
the filtration velocity (mass flow) being very small along this porous wall region. Consequently, the
soot oxidation gets mass transfer limited, leading to a slower regeneration end phase than the baseline
operating conditions. This behavior points out that optimization of active regeneration strategies
should be required in order to take maximum advantage from pre-DPF water injection benefits.

Beyond particular concerns on pre-DPF water injection, the results obtained in this study also
contribute to highlight the importance of the soot loading process and how engine operation history
can determine the soot structure (recurrent engine stops with water condensation, highly dynamic
engine operation, etc.). It would explain pressure drop variability under the same operating conditions,
which can cover up the real DPF state and lead to additional engine fuel consumption penalty and
substrate durability issues, especially when pressure drop-based control is considered.
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Abbreviations

The following abbreviations are used in this manuscript:

A f filtration area
Cgas gas concentration
dc collector unit diameter
dcell cell unit diameter
dp mean pore diameter
D diameter
e0 specific stagnation internal energy
Ef ,w porous wall filtration efficiency
fw saturated fraction of porous wall thickness
F area
Fw momentum transfer coefficient for square channels
h0 specific stagnation enthalpy
k permeability
kn kinetic constant of reagent n
L channel length
ms soot mass
MC carbon molecular weight
p pressure
q heat per unit of time and mass
Sp specific surface
t time
u velocity
uw filtration velocity
wpl particulate layer thickness
ww porous wall thickness
x axial dimension
X molar fraction
Y mass fraction
z tangential dimension

Greek letters

α honeycomb cell size
αn stoichiometric coefficient of reagent n
δpl soot mass distribution onset
Δ variation
ε porosity
ηDRI single sphere filtration efficiency
μ dynamic viscosity
ρ gas density
ρC carbon density
ρs,w soot packing density inside the porous wall
σ cell density
χ shape factor
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Subscripts

cell referred to the cell unit
e effective
in referred to the inlet channel
j channel type
n reagent (O2, NO2)
out referred to the outlet channel
pl referred to the particulate layer
reg referred to the regeneration
w referred to the porous wall
w0 referred to the clean porous wall

Abbreviations

2LW Two-step Lax and Wendroff method
DOC Diesel Oxidation Catalyst
DPF Diesel Particulate Filter
EEPS Engine Exhaust Particle Sizer
FCT Flux-Corrected Transport
HSDI High-Speed Direct Injection
MoC Method of Characteristics
NEDC New European Driving Cycle
SCF Stokes–Cunningham Factor
SCR Selective Catalytic Reduction
SCRF Selective Catalytic Reduction Filter
SEM Scanning Electron Microscope
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Abstract: Compared to other engines of the same size, diesel engines are more economical in addition
to their ability to generate high power. For this reason, they are widely used in many fields such as
industry, agriculture, transportation, electricity generation. The increasing environmental concerns
and diminishing oil resources led researchers to improve fuel consumption and emissions. In this
context, the usage of Liquefied Petroleum Gas (LPG) fuel in diesel engines is one of the important
research subjects that has been keeping up to date. This paper investigates the effects of LPG direct
injection towards the end of air inlet period on engine emissions and performance characteristics.
A four-stroke, air cooled, single cylinder diesel engine was modified to direct injection of LPG
for diesel/LPG dual fuel operation. An Electronic Control Unit (ECU) was designed and used to
adjust LPG injection timing and duration. LPG injection rates were selected as 30%, 50% and 70%
on a mass base. The test engine was operated at 3000 rpm constant engine speed under varying
load conditions. Throughout the experiments, it was observed that smoke density significantly
reduced on the dual-fuel operation, compared to the pure diesel operation. Carbon Monoxide (CO)
and Hydrocarbon (HC) emissions decreased by 30% and 20%, respectively. Brake Specific Fuel
Consumption (BSFC) decreased by 8%. Nitrogen Oxide (NOx) emissions increased by 6% while
effective efficiency increased up to 1.25%.

Keywords: diesel engine; LPG direct injection; diesel/LPG dual fuel; performance; emissions

1. Introduction

Because of the rapidly increasing human population around the world, mechanization and energy
requirements have increased in many fields such as transportation, agriculture, electric generation
and heavy industry. The diesel engine has a very high utilization rate in those fields due to producing
high power at low cost when compared with other engine types in the same size range. Depending
on the widespread use of diesel engines, the essential research titles related to the diesel engines
are improving the performance and reducing the harmful emissions while the fuel consumption is
decreasing. Because of exhausting lifetimes of fossil fuels and tightening emissions standards around
the world, developing eco-friendly fuels and fuel systems for diesel engines has been keeping up its
importance. In diesel engines, there are many studies to improve engine performance and reduce
harmful emissions by using alternative fuels [1–4].

The primary fuel used in diesel engines is diesel as well as many liquid or gaseous fuels are used
as alternative fuels. Biodiesel produced from various sources such as vegetable oil, animal fat, waste
plastics and waste cooking oils, Tire Derived Fuel (TDF) obtained from waste tires, and various alcohol
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mixtures are preferred alternative liquid fuels [5–13]. In addition to the liquid fuels, the gas fuels
such as hydrogen, Compressed Natural Gas (CNG), Diesel Methyl Ester (DME), biogas and LPG can
be used in diesel engines [14–19]. Liquefied Petroleum Gas (LPG) and CNG have currently easiest
accessibility and usability among the gas fuels.

LPG fuel can be used as gas or liquid phase in diesel engines. In the gas phase, it is fumigated in
the air intake and the LPG-air mixture is formed in the intake manifold [19–22]. When LPG is the liquid
phase, it mixes with diesel fuel under higher pressure than 0.5 MPa. Liquefied LPG is mixed with
diesel fuel and pressurized by the high-pressure pump. The high-pressure pump delivers diesel/LPG
blends to the injector [23–26]. The liquid phase LPG is injected either as LPG-diesel mixture by a single
injector or separately by a second injector [27].

In diesel engines operating with LPG in the gas phase, the vapored LPG is taken into the cylinder
with the intake air and LPG-air mixture is compressed like in a conventional diesel engine. The LPG-air
mixture does not auto-ignite because of its high self-ignition temperature. A small amount of diesel
fuel called pilot is injected for ignition of LPG-air mixture. The pilot diesel fuel, which is injected by
the conventional diesel injection equipment, normally contributes only a small fraction of the engine
output power [28]. LPG usage in the gas phase has been extensively studied. It leads to better engine
performance, low particulate and smoke emissions [20,28,29].

Ciniviz [19] investigated the effect of diesel/LPG dual fuel in diesel engine on performance and
emissions. They designed gas adjustment valve system in order to deliver the LPG with 30% rate to the
intake manifold. Experimental results showed that the engine power, engine torque, and specific fuel
consumption were improved with dual fuel run. As a result, the dual fuel operation when compared
with the single operation, engine moment and power were increased 5.8%, and NOx emission and k
factor were decreased 5.9% and 1/9 respectively. Additionally, they showed that CO2 emissions were
lower than single fuel mode because CO emissions could not be converted to CO2 in dual fuel mode.

Alam et al. [20] studied the performance and emissions of a direct injection diesel engine operated
on 100% butane LPG. They added di-tertiary-butyl peroxide (DTBP) and aliphatic hydrocarbon (AHC)
to the LPG fuel in order to enhance the cetane number. A stable diesel engine operation in wide
engine load range was possible with the cetane improved LPG. A few different LPG blended fuels
were obtained by changing the concentration of DTBP and AHC. According to experimental results,
LPG and only AHC blended fuels increased the NOx emission compared to diesel fuel operation.
Experimental result showed that the thermal efficiency of LPG powered diesel engine was comparable
to pure diesel fuel operation. In terms of exhaust emissions, the NOx and smoke could be considerably
reduced with using the various blend of LPG, DTBP, and AHC.

Saleh [21] focused on the effect of propane ratio changes in LPG content on emissions and
performance in dual-fuel diesel engines. In the study, LPG with various propane contents was
delivered to a diesel engine with EGR capability. The best engine efficiency was achieved with a
40% propane ratio. Depending on the LPG content, high butane ratio led to the decreasing of NOx

emissions and high propane content caused the reduction of CO emission as well. In a mixture of 30%
butane and 70% propane content, the engine performance remained at the same level as pure diesel
fuel. NOx emissions were reduced about 27% at full load in 70% propane and 30% butane mixture.

Rao et al. [30] conducted a performance evaluation of a diesel/LPG dual fuel engine. 10%, 20%,
30%, 40% and 50% of LPG were sent to intake manifold of the single-cylinder test engine. Experiments
were carried out at constant 1500 rpm engine speed at different loads. The 50% LPG fuel ratio could
only be used up to 40% of the engine load. In all LPG fuel mixture ratios, the effective efficiency had
increased when it was compared with pure diesel fuel. They proved that smoke emission and specific
fuel consumption were reduced gradually while the LPG ratio of fuel mixture was increasing.

Ergenç and Koca [31], studied the usage of LPG in the diesel engines experimentally. They used
an LPG injector mounted in the intake manifold. The measurements were performed in 10%, 20%
and 25% LPG ratios. The maximum improvements in engine power, engine torque, and specific
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fuel consumption were achieved with 25% LPG ratio. In terms of exhaust emissions, NOx and HC
emissions decreased with all LPG ratios while CO and CO2 emissions increased.

Lata et al. [32], investigated the influence of hydrogen and LPG addition on the efficiency and
emissions of a dual-fuel diesel engine. They showed that the efficiency was increased with the usage
of LPG at high loads while HC, NOx, and smoke emissions were reduced. They observed a serious
knocking in the test engine at the 70% LPG ratio. The best engine performance was obtained at 40%
LPG ratio.

Mirgal et al. [33] studied on the diesel/LPG dual fuel engine. The gas phase LPG fuel was
delivered to the intake manifold of a single-cylinder diesel engine. The experiments were carried out
at 50% engine load and constant 1500 rpm engine speed. Experimental results were recorded at 35%,
67%, 73% and 90% LPG fuel ratio approximately. As the LPG fuel ratio increased, NOx emissions
decreased, and HC emissions increased regularly. Additionally, CO emissions increased at first and
then decreased slightly. It was seen that there was a slight decrease in the cylinder pressure due to the
increase in the LPG fuel ratio.

LPG in the liquid phase is mixed with diesel fuel and delivered to the high-pressure pump when
the liquid phase LPG fuel is used in diesel engines. The mixture of liquid LPG and diesel fuel is
injected into the cylinder with the diesel injector at high pressure. The liquid phase LPG can change
to the gas phase easily when it is injected into the cylinder because of the low boiling point of LPG.
The quick evaporation of the LPG in diesel/LPG blend can improve the atomization of the fuel spray.
The increase of LPG content in the fuel blend will decrease the cetane number of diesel/LPG blend,
and this will lead to the increase of ignition delay. In addition, the latent heat of evaporation and the
Lower Heating Value (LHV) of diesel/LPG blend give a slight increase in ignition delay. Addition of
the LPG in diesel fuel can accomplish a good spray atomization and contributes the fuel–air mixing
process, however, the high proportion of LPG in the blends may induce engine knock or combustion
noise [23–26].

Cao et al. [23] studied comparison of the LPG and diesel fuels in diesel engines. The LPG in the
liquid phase and diesel fuel were transferred to the high-pressure pump as a mixture. LPG-diesel fuel
mixture injected into cylinder between 180 and 260 bar pressure by a common injector. They performed
experiments with %100 diesel, %10 and %30 LPG ratios. They observed that engine power and torque
remained the same level in used fuel ratios under constant 1800 rpm speed. The best CO, NOx,
and smoke emissions were achieved using %30 LPG ratio. On the other hand, the best HC emission
was obtained with %100 diesel fuel.

Qi et al. [24] investigated combustion and emission characteristics of diesel/LPG dual fuel in
a compression ignition engine. They mixed diesel fuel and liquid phase LPG with 10%, 20%, 30%,
and 40% ratios and injected with a common injector. The tests were carried out at engine speeds of 1500
rpm and 2000 rpm under between 15% and 90% engine loads. In all load and cycling conditions, it was
observed that the cylinder pressure decreased while the LPG ratio increased. In terms of emissions,
NOx decreased, and HC increased at both engine speeds and at all loads when the LPG ratio was
increased. The main reason is that the cylinder gas temperature is lower for blended fuel operation at
the low engine load with the increase of LPG mass flow rate, and the more aromatic hydrocarbons in
the LPG content, which are too stable to burn out entirely. On the other hand, a good spray can reduce
blended fuel close to the cylinder chamber wall, thus HC emissions greatly reduces. There was not a
great change in CO emission with pure diesel fuel operation. Smoke emissions decreased gradually,
and best smoke emission was achieved by using 40% LPG ratio.

Ma et al. [26] studied the effect of diesel and diesel-propane blends on fuel injection timing in a
single cylinder compression ignition engine. Propane rate, maximum heat release rate, premixed heat
release, maximum cylinder gas temperature and NOx emissions increased for the same engine speed,
engine load, and injection advance while total combustion time, CO, HC, and smoke emissions reduced.

The objective of this study is to observe the effect of diesel/LPG dual fuel, on engine performance
and exhaust emissions of a DI small diesel engine at constant engine speed and different loads. For this
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purpose, a conventional small diesel engine was converted to direct injection diesel/LPG dual fuel
engine. The test engine was operated at constant 3000 rpm speed and different engine loads changing
from 500 to 1500 W. For each fuel blend and engine load, the impact of LPG direct injection on a single
cylinder diesel engine was investigated on engine performance (effective efficiency, fuel consumption,
BSFC, EGT) and emissions (NOx, HC, CO, smoke). Although many studies of LPG/diesel dual fuel
have been found in the literature, these studies usually show that LPG is injected into the intake
manifold and sent into the cylinder together with the intake air. It is believed that this study could
help fill the gap in the literature about the direct injection of LPG on diesel engines.

2. Materials and Methods

2.1. Experimental Fuels

In the experiments, diesel and LPG fuels were used as test fuels. LPG content was 70% propane
and 30% butane. The properties of the test fuels are given in Table 1. Diesel fuel meets requirements
of EN590 for cetane index, density, and viscosity. The test engine was operated with four different
fuel types as D-100 (pure diesel), LPG-30 (%70 diesel + %30 LPG) LPG-50 (%50 diesel + %50 LPG),
and LPG-70 (%30 diesel + %70 LPG). The pilot diesel quantity was changed by varying the flow rate of
LPG for each load condition at 3000 rpm constant speed. LPG flow rate was adjusted by changing
Gasoline Direct Injection (GDI) injector trigger pulse duration via the designed ECU. The starting
of GDI injector trigger pulse was set to 250 Crank Angle (CA) towards the end of the intake stroke.
Thus, it was prevented that the mixing of evaporated LPG with intake air and reducing the amount of
intake air. The width of the trigger pulse of the GDI injector for D-100 fuel was set to zero. In this case,
it was ensured that the fuel sent into the cylinder was only diesel fuel. For LPG-30 fuel the duration
of the GDI injector trigger pulse was gradually increased starting from 1 ms. The mass flows of the
diesel and LPG fuels within a certain time interval were measured for each GDI injector trigger pulse
duration. Thus, the fuel sent into the cylinder was set 70% diesel + 30% LPG. The same procedure was
repeated for the LPG-50 and LPG-70 fuel ratios respectively. The LPG ratio in total fuel is calculated by
using the following equation.

LPGratio =
mLPG

mdiesel + mLPG
∗ %100 (1)

Table 1. Diesel and Liquefied Petroleum Gas (LPG) fuel properties [34,35].

Fuel Diesel LPG

Chemical Structure C13H28 %30 C3H8 + %70 C4H10
Lower heating value (kJ/kg) 42,500 45,908

Autoignition temperature (◦C) 240 454
Boiling point (◦C) 160–370 −13

Cetane index 52 8
Viscosity-kinematic @ 40 ◦C 3 0.32

Density (15 ◦C) (kg/L) 0.83 0.560
Latent heat of evaporation (MJ/kg) 0.260 0.383

Carbon/Hydrogen Ratio (C/H) ~0.47 0.39

2.2. Test Engine

In this study, a single-cylinder diesel generator was used which technical specifications were
given in Table 2. The engine used in the generator is a naturally aspirated, air-cooled, single cylinder,
direct injection diesel engine.

181



Appl. Sci. 2018, 8, 825

Table 2. Generator specifications.

Engine Specifications Alternator Specifications

Manufacturer Katana Manufacturer Katana
Engine Type Km 178 Fe Model KD 4500 E

Diameter × Stroke 78 × 62 Maximum
Power 2.4 kVA

Cylinder Volume 296 cm3 Power 6.3 kVA
Maximum Output Power 7.6 hp Phase 1

Continuous Output Power 0.6 hp Voltage 230 VAC
Engine Speed 3000 rpm Frequency 50 Hz

2.3. Installation Modifications

The test engine was modified to run diesel/LPG dual fuel. A second injector housing was placed
on the diesel engine cylinder head and the Magneti Marelli brand GDI injector was installed. LPG and
diesel injector locations are shown in Figure 1. In order to control GDI injector, the angular piston
position data which was obtained from an encoder coupled to the crankshaft was used. The ECU
controlled the LPG injection timing and duration by evaluating the angular position data. To measure
the instantaneous mass consumption of diesel and LPG fuels, electronic scales with precise measuring
capability were used. A nitrogen cylinder with 200 bar operating pressure and pressure regulator were
used to adjust LPG injection pressure. The liquid phase LPG that accumulates at the bottom of the
LPG tank is transmitted to the GDI injector through a high-pressure fuel line. Thus, LPG injection in
the liquid phase is provided via GDI injector.

Figure 1. LPG and diesel injector locations.

An Opkon brand PRI 50 model incremental optic rotary encoder coupled to the crankshaft was
used for determining the angular piston position. As shown in Figure 2, the encoder has three output
channels, A, B, and Z. Channel B leads Channel A by 90 degrees phase shift. Channel Z produces a
pulse in every full turn of the encoder. A and B channels are used for rotation direction and position
information while Z channels are used for rpm measurement. Direction sensing is determined by
generating separate pulse trains for CW and CCW direction. A pulse train is generated by checking for
falling edges on A or B pulses when other pulses are high. For position measurement, one pulse train
adds to a count register and the other subtracts from a count register. Thus, a precise position detection
was ensured, and the LPG injector was controlled with an appropriate timing. The GDI injector was
triggered either by the injection of LPG into the cylinder or just after that ignition of the diesel fuel
injected into the cylinder.
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Figure 2. Encoder output signals.

2.4. Test Procedure

The schematic view of the experimental setup is shown in Figure 3. A lamp load unit was
built that had 500, 750, 1000, 1250 and 1500 W lamps in order to determine engine performance and
emissions under different load states at constant 3000 rpm.

Figure 3. Schematic view of the experimental setup.

The technical specifications of SPIN ITALO PLUS exhaust emission device are given in Table 3.
The exhaust emission analyzer can measure CO (% vol) with 0.001 sensibility, HC (ppm), NOx (ppm)
and opacity (%) values. The exhaust gas analyzer device measurement method is based on laser
absorption spectroscopy technology, which determines the gas concentration and temperature from
the optical absorption at a specific wavelength. The instantaneous exhaust gas concentration and
temperature are obtained by the analysis of laser light falling on the measurement sensor after passing
through the exhaust gas. A K-type thermocouple with a temperature indicator was mounted to the
exhaust pipe for measurement of the Exhaust Gas Temperature (EGT).

Table 3. Exhaust gas analyzer and opacimeter technical specifications.

Measured Parameter Measuring Method Measuring Range Accuracy

CO (%, v/v) NDIR 0~9.99 0.01
HC (ppm) NDIR 0~2500 1

NOx (ppm) CLD 0~2000 1
Opacity (%) NDIR 0~99 ±2

Operating temperature (◦C) 5–40
Operating Voltage (Vdc) 12
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The digital scales having 1 mg sensitive and a digital chronometer were used to measure both the
diesel and LPG fuels flow by weight difference in a constant period. The specific fuel consumption
was calculated. The calculated mass fuel consumption is compared to the engine power and the brake
specific fuel consumption was found. The Brake Specific Fuel Consumption (BSFC) is estimated in
g/(kW h) by using Equation (2).

BSFC =
mfdiesel + mfLPG

Pe
(2)

The effective efficiency was calculated with Equation (3) by considering the lower heating value
and mass flow rate of both fuels diesel and LPG.

η =
Pe

(mf ∗ LHV)diesel + (mf ∗ LHV)LPG
(3)

Before the data collection, the test engine was run until it reached engine operating temperature
of 90 ◦C with experimental fuels. Experiments were conducted on stable operation modes by loading
with lamp load unit. For each fuel blends (D-100, LPG-30, LPG-50, and LPG-70) used in experiments,
engine performance and emissions were measured and recorded according to entire load conditions.
Experimental measurements were repeated for three times for each operation point and obtained results
were averaged. In the experiments, effective efficiency, EGT, fuel consumption, BSFC, and exhaust
emissions (NOx, Smoke, HC, CO) were measured.

3. Results and Discussion

The effect of experiment fuels on the effective efficiency depends on the engine load is shown
in Figure 4. The highest effective efficient was achieved about 28.34% using LPG-70 fuel at 1250 W
engine load. The ignition delay, uncontrolled combustion, and post-combustion phases were occurred
in a short time because of better atomization of the LPG fuel in the cylinder. The lower heating value
and C/H ratio of LPG lead to higher flame temperature and effective combustion. In addition, LPG
direct injection does not affect intake air and maximum air charging results in the air intake stroke.
This phenomenon led to decreasing the fuel consumption and increasing the effective efficiency overall
LPG fuel ratios. Effective efficiency results are in concordance with other studies [21,22,36,37].

Figure 4. Effect of engine loads change on effective efficiency.

The changes in EGT depends on the engine load are shown in Figure 5. In the experiments,
the amount of consumed fuel and EGT increased continuously through the increase of engine load.
In addition, EGT presented incremental behavior for all fuel types. However, as the engine load
increased, the increase in the LPG ratio reflected more on the EGT. At the lower engine loads ignition
delay period of diesel fuel increases and also, fine ignition and combustion of LPG do not occur due
to low temperature and pressure inside the combustion chamber. However, at the higher engine
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loads ignition delay period of diesel fuel decreases and also pressure and the temperature inside
the cylinder become higher, an increase in EGT occurs due to this fine ignition and combustion of
LPG. In addition, the low C/H ratio of LPG, high combustion rate, and better fuel atomization than
diesel fuel have improved combustion process. These similar results were also observed by other
researchers [21,34–38].

Figure 5. Effect of engine loads change on Exhaust Gas Temperature (EGT).

The effect of engine loads change on the amount of the fuel consumption is given in Figure 6.
The fuel consumption was reduced by means of occurring better combustion because the lower heat
value of LPG is higher than diesel fuel about 8%. This situation may be explained by increasing of the
LPG flow rate increases the heat release because of the overall equivalence ratio and the combustion
is inclined to be more complete, leading to high in-cylinder pressures and increased power output.
The fuel consumption results are in concordance with those of other researchers [21,30,32,37,39].

Figure 6. Effect of engine loads change on fuel consumption.

The BSFC for experiment fuels is given as a function of engine loads in Figure 7. The lowest BSFC
was achieved using LPG-70 fuel at 1000-Watt engine load. When the BSFC was compared in terms
of D-100 and LPG-70, it was seen that BSFC demonstrated reducing behavior by about 6%. Thus,
the BSFC decreased because of the lower heat value of LPG was higher than pure diesel. Similar results
were reported in other studies [21,30,40–42].
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Figure 7. Variation of Brake Specific Fuel Consumption (BSFC) depending on engine loads.

The NOx emission is given as a function of engine load in Figure 8. Although better combustion
in the cylinder and increasing effective efficiency is desired in the automotive industry, they cause
to rise NOx emission directly. It is well known that NOx emissions are the result of nitrogen reacts
with oxygen at the high temperature in the cylinder. The cylinder peak pressure, the maximum
heat release rate, the maximum cylinder mean gas temperature, the proportion of the premixed heat
release, and NOx emission increase while increasing the propane proportion in the fuel blends [42,43].
As the load is increased, the richer mixture results in higher temperatures which in turn results in
higher NOx emissions. Due to locally rich combustion, NOx emissions of the diesel engine are less
sensitive to temperature increases resulting from increasing load [31–33]. For the diesel/LPG dual fuel
engine, the maximum pressure is always higher than pure diesel fuel operation, due to the combustion
and extra heat released from gaseous fuel [1]. The higher LPG ratio in dual fuel operation leads
to two effects. First, the premixed combustion and the speed of flame propagation increases but
the mixing-controlled combustion for the liquid fuel reduces. Second, the reduced amount of pilot
injection causes the smaller size of the ignition sources, therefore increases the path that the flame
needs to propagate to consume all the premixed mixture in the chamber [44]. This may be postulated
to higher ignition delay of the liquid fuel and/or the lower self-ignition temperature of the gaseous
fuel. The LPG fuel has lower cetane number and this can increase the ignition delay period of the fuel
compared to pure diesel. In addition, the LPG has a high self-ignition temperature compared to diesel
fuel. Therefore, it is expected that diesel/LPG blend would exhibit a longer delay for pure diesel fuel
to ignite and the lower self-ignition temperature of LPG can increase the rate of pressure rise during
the combustion. Thus, NOx will increase due to the excessive change in pressure per unit CA and the
increase of maximum temperature of the cycle.

Figure 8. Variation of NOx emission depending on engine loads.
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In the case of diesel/LPG dual fuel operation, the injected more diesel fuel ratio generates bigger
initial flame and this produces smoother combustion of the gaseous fuel when the load is increased.
The increasing of gaseous fuel ratio which is admitted into the cylinder causes the fuel to burn at
higher rates. The oxygen in the excess air taken into the cylinder at the air intake stroke combines with
nitrogen due to the high burnt gas temperature and occurs increased NOx emissions.

In the experiments, NOx emission increased as both the engine load and the proportion of LPG
were increased. This situation has occurred because LPG exhibited a better combustion reaction and
higher temperature at the end of combustion than D-100. These results are in concordance with other
studies [21,26,38,41,42].

Smoke emission values of the test engine are shown in Figure 9. LPG is a cleaner fuel than diesel
fuel because LPG has lower carbon content and can be mixed with air homogeneously. In addition,
increasing the LPG fuel ratio and the combustion temperature in the cylinder led to a decrease in
smoke emission effectively. Additionally, because of LPG fuel has a lower C/H ratio than diesel
fuel, it exhibits lower smoke emissions. For this reason, the diesel/LPG dual fuel operation reduces
the smoke emission at all engine load conditions as compared to pure diesel operation. Diesel/LPG
dual fuel keep the engine clean and smoke-free. Smoke emissions are in concordance with other
studies [24,30,34,41–43,45,46].

Figure 9. Variation of smoke emission depending on engine loads.

The measured HC emission values depend on engine load ratios are given in Figure 10.
HC emissions using different LPG ratio decreased by means of getting better combustion reaction with
diesel pilot fuel and performing more effective combustion reaction with the help of LPG. The essential
factors of forming HC emissions are lower combustion temperature in the extremely poor mixture,
insufficient oxygen and limited reaction time in the excessively rich mixture. The direct injection of
LPG has better air charging performance and this phenomenon led to decrease unburned fuel as well.
In the experimental setup, using of extremely poor and excessively rich mixtures were prevented by
ECU while LPG in the liquid phase was injecting into the cylinder. Thus, HC emissions of diesel/LPG
operation were reduced about 20% when it was compared with D-100 fuel. Similar results were
obtained by other studies [24,26,36,46].

The measured CO emission values as a function of engine load are shown in Figure 11. In general,
CO2 emissions were produced because of full combustion of a large amount of fuel in the cylinder.
On the other hand, CO emissions occurred when the remained fuel from full combustion was burned
inadequately. HC emissions were formed by the non-combustible portion of the fuel. The reasons
of forming CO and HC emissions are very similar. The direct injection of LPG fuel into the cylinder
under high pressure by an injector caused to reach better atomization level of the LPG compared to
the diesel fuel. Thus, improvement of the combustion reaction using LPG fuel provided reducing CO
emissions. The better combustion and higher calorific value of the LPG improve the flame propagation
and oxidation reactions that reduce the HC and CO emissions slightly. Moreover, the lower C/H ratio
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of LPG deceases HC and CO emissions. CO emission decreased using LPG-70 fuel about 30% than
D-100 fuel. These results are in concordance with other studies [21,23,26,40].

Figure 10. Variation of HC emission depending on engine loads.

Figure 11. Variation of CO emission depending on engine loads.

4. Conclusions

In this study, the effect of direct injection of LPG into the cylinder on performance and emissions
has been investigated experimentally. The tests were performed using different fuel compositions
and engine loads at a constant 3000 rpm engine speed. D-100, LPG-30, LPG-50, and LPG-70 fuels
were used in the experiments. The test engine was loaded with 500, 750, 1000, 1250 and 1500 W loads
through the loading unit. Depending on those parameters, fuel consumption and exhaust emissions
were measured. As a result;

The best effective efficiency was reached using LPG-70 fuel. It was increased about 1% than D-100
fuel. The BSFC was reduced linearly depends on the lower heat value which increased with the LPG
fuel ratios. The BSFC was decreased as 6% at 1000 W engine load when the LPG-70 fuel was compared
with D-100 fuel.

In general, the EGT values for all LPG fuel ratios were higher than D-100 fuel. LPG fuels produced
more temperature about 10% than D-100 fuel. NOx emissions increased about max. 4% when the
engine operated with LPG fuels. CO and HC emissions were improved because of the low carbon
content of LPG and increasing the in-cylinder temperature. The most emission improvement was
gathered for smoke emission. The smoke emission reduced gradually by means of adding LPG content
in the fuel mixture. In addition, the increasing pilot diesel fuel ratio caused the increasing smoke
emission significantly. The smoke emission decreased as 70% for LPG-50 and 80% for LPG-70 when it
was compared with D-100 results.
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The dual fuel engine improves fuel economy and exhaust emissions, but it has some disadvantages
like a second injector, separate fuel line, electronic and software modifications on fuel injection systems.
Additionally, it can be reversed to a pure diesel engine easily when it is necessary.
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Nomenclature

BSFC Brake specific fuel consumption (g/kWh)
CA Crank Angle
CLD Chemiluminescence detector
CO Carbon monoxide
CW Clock wise
CCW Counter clock wise
CNG Compressed natural gas
DME Diesel Methyl Ester
D-100 Diesel fuel
ECU Electronic control unit
EGT Exhaust gas temperature
HC Hydrocarbon
GDI Gasoline direct injection
LPG Liquefied petroleum gas
LPG-30 %30 LPG + %70 Diesel fuel
LPG-50 %50 LPG + % 50 Diesel fuel
LPG-70 %70 LPG + %30 Diesel fuel
NDIR Non-dispersive infrared
NOx Nitrogen oxide
PM Particulate matter
TDF Tire Derived Fuel
η Effective efficiency (%)
mf Fuel consumption per hour (kg/h)
LVH Lower heating value (kJ/kg)
Pe Effective engine power (kW)
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Abstract: Stringent emissions limits introduced for internal combustion engines impose a major
challenge for the research community. The technological solution adopted by the manufactures of
diesel engines to meet the NOx and particle matter values imposed in the EURO VI regulation relies
on using selective catalytic reduction and particulate filter systems, which increases the complexity
and cost of the engine. Alternatively, several new combustion modes aimed at avoiding the formation
of these two pollutants by promoting low temperature combustion reactions, are the focus of study
nowadays. Among these new concepts, the dual-fuel combustion mode known as reactivity controlled
compression ignition (RCCI) seems more promising because it allows better control of the combustion
process by means of modulating the fuel reactivity depending on the engine operating conditions.
The present experimental work explores the potential of different strategies for reducing the energy
losses with RCCI in a single-cylinder research engine, with the final goal of providing the guidelines
to define an efficient dual-fuel combustion system. The results demonstrate that the engine settings
combination, piston geometry modification, and fuel properties variation are good methods to
increase the RCCI efficiency while maintaining ultra-low NOx and soot emissions for a wide range of
operating conditions.

Keywords: reactivity controlled compression ignition; efficiency; EURO VI emissions; dual-fuel

1. Introduction

Pollutant emissions regulations have become more and more stringent in recent years, especially
for conventional diesel combustion (CDC) engines. Due to the existing trade-off between NOx
and soot emissions in compression ignition (CI) engines, manufacturers had to incorporate diesel
particulate filter (DPF) and selective catalyst reduction (SCR) aftertreatment systems to remove these
two pollutants from the exhaust gas down to the limits imposed by the emissions regulations, such as
EURO VI. The addition of these systems to the engine unit directly impacts to the production costs
and also implies a higher level of complexity [1]. In addition, the efficient operation of these systems
requires the consumption of some extra fluids in the exhaust line, such as urea upstream of the SCR to
reduce NOx emissions and diesel fuel downstream the turbine to rise the exhaust gas temperature
during the heating-up period of the engine. Moreover, the aftertreatment systems generate an extra
back pressure, increasing also the in-cylinder fuel consumption.

Several combustion strategies have been investigated with the aim of reducing the costs caused by
using aftertreatment systems [2]. These strategies are intended to keep the benefits of CDC operation
in terms of performance and improve the engine efficiency [3]. To achieve this, many researchers have
focused on the low temperature combustion (LTC) strategies [4]. As the literature demonstrates, the
LTC strategies mitigate the NOx and soot formation by promoting a highly diluted in-cylinder fuel-air
mixture [5] and extended premixing time between fuel and air prior to combustion [6,7], which breaks
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the NOx-soot trade-off with CDC strategies. Moreover, the efficiency of the engine is improved due to
the heat transfer reduction, among other factors [8].

Within the LTC strategies, homogeneous charge compression ignition (HCCI) was widely
investigated at institutions worldwide [9]. HCCI relies on achieving a homogenous fuel-air mixture
prior to combustion, which contributes to reducing the NOx and soot formation [10]. This promotes
a fast heat release at the autoignition time, which results in higher thermal efficiency than CDC
if the combustion event is well-phased on the engine cycle. However, despite that HCCI seems
thermodynamically attractive, the combustion onset is entirely governed by chemical kinetics, i.e.,
in-cylinder pressure, temperature, equivalence ratio, and fuel properties. In addition, the fast heat
release during HCCI combustion leads to high pressure gradients, which provoke mechanical stress
on the engine as well as excessive combustion noise as load increases. For these reasons, HCCI was
found to be limited to partial loads [11].

Another LTC strategy deeply studied is the partially premixed combustion (PPC) [12]. This
strategy relies on using low reactivity fuels and more delayed injection timings to overcome the
HCCI weaknesses in terms of combustion control and knocking at high loads [13]. Researchers have
demonstrated that using gasoline instead of diesel allows improvement of control over the heat
release rate, providing low levels of NOx and soot [14]. On the other hand, several PPC studies with
different octane number fuels showed that the higher the research octane number (RON), the higher
the unburning problems and dispersion cycle-to-cycle, being critical for gasolines with RON higher
than 91 [15]. In this sense, several authors explored the possibility of using a spark plug to improve
the combustion control and reduce the unburned products at low load [16], but the advantages of PPC
in terms of NOx and soot emissions were lost [17]. Considering that diesel fuel ignites easier than
gasoline, Park et al. [18] decided to explore the effects of fuel blends formed by diesel and gasolines. In
that work it is stated that the addition of gasoline to the blend provides a reduction in the fuel density,
kinetic viscosity, and surface tension, improving the atomization process. In addition, it provides
also high ignition delays enhancing a more homogeneous blend formation. Thereby, the trade-off
between NOx and soot is reduced. On the other hand, it was also found that carbon monoxide (CO)
and unburned hydrocarbons (HC) emissions increased substantially.

In this sense, the study performed by Bessonette et al. [19] suggested that the optimum fuel
for LTC strategies depends on the engine operating conditions. In particular, at low loads a highly
reactive fuel in necessary, but at high loads a low reactivity fuel is needed. Based on this statement,
Inagaki et al. [20] proposed a premixed dual-fuel strategy that used two fuels of different reactivity. In
particular, gasoline-like fuels were injected by a port fuel injector (PFI) and diesel was direct injected
(DI) into the combustion chamber as ignition trigger. This concept allows the in-cylinder mixing of
both fuels with different ratios, which allows obtaining the desired reactivity. The combustion onset
was managed by varying the reactivity of the fuel blend. As suggested by Bessonete et al., a clean and
efficient operation was achieved by promoting a low cetane number in-cylinder ambient at high load
and a high cetane number at low load.

More recently, Kokjohn et al. [21] continued developing this technique and proposed the reactivity
controlled compression ignition (RCCI) concept [22], which follows the same injection method as the
dual-fuel PCI concept proposed by Inagaki. In particular, port fuel Injection (PFI) is used to inject
gasoline or other low reactivity fuel and direct injection (DI) is used for diesel fuel [23], so that it is
possible to adjust the fuel reactivity for the requirements at the different engine loads [24]. The low
reactivity fuel is injected generating a premixed blend of fuel, fresh air, and EGR. Then, diesel is
injected in one or more injection pulses. Later, when the autoignition conditions at the combustion
chamber are reached, the combustion starts and drives into the burning of the premixed charge at
the regions with highest reactivity fuel and propagates down the reactivity gradient, as described by
Hanson et al. [25].

Several authors have demonstrated that RCCI provides ultra-low NOx and soot emissions and
the same time that improves the fuel consumption versus CDC [26]. This is achieved through the
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combination of high gasoline fractions and optimized injection timings for diesel fuel, which was
proven to be crucial to attain a clean and efficient combustion [27]. A great part of the efficiency gain
as compared to CDC was demonstrated to be caused by the lower heat transfer losses, which are
explained due to lower in-cylinder temperature because of the highly diluted ambient [21]. However,
despite the advantages of this concept, the research community still has to face several challenges such
as the low combustion efficiency at low loads [28], which reduces the potential of this concept and also
can compromise the efficiency of the diesel oxidation catalyst (DOC). Continuing the investigation
in this line, the present study focuses on actions that could be taken to improve the RCCI concept.
For this purpose, several studies have been carried to extract some guidelines for minimizing the
energy losses with RCCI. In particular, three different paths are examined in this work: the engine
settings combination as a method to improve the combustion efficiency at low load, a piston bowl
geometry modification to diminish the heat transfer losses, and a low reactivity fuel type variation to
improve combustion.

2. Materials and Methods

2.1. Test Cell and Engine Description

A single-cylinder diesel engine, representative of commercial truck engines, has been used in this
study. The major difference to the standard unit production is the hydraulic variable valve actuation
(VVA) system, which allows controlling of the timing, duration, and lift of each valve independently.
Detailed specifications of the engine are given in tab:applsci-07-00036-t001.

Table 1. Single cylinder engine specifications.

Engine Data

Engine type Single cylinder, 4 Stroke, DI, turbocharged
Bore × Stroke [mm] 123 × 152

Connecting rod length [mm] 225
Displacement [l] 1.806

Geometric compression ratio [-] 14.4:1
Bowl Type Open crater

Number of Valves 4
IVO 375 CAD ATDC
IVC 535 CAD ATDC
EVO 147 CAD ATDC
EVC 347 CAD ATDC

To enable RCCI operation, the engine was equipped with a double injection system, one for
each fuel used. This injection hardware enabled to vary the in-cylinder fuel blending ratio and fuel
mixture properties according to the engine operating conditions. To inject the diesel fuel, the engine
was equipped with a common-rail flexible injection hardware which is able to perform up to five
injections per cycle. The main characteristic of this hardware is its capability to amplify common-rail
fuel pressure for one of the injection events by means of a hydraulic piston directly installed inside the
injector. Concerning the gasoline injection, an additional fuel circuit was in-house built including a
reservoir, fuel filter, fuel meter, electrically driven pump, heat exchanger, and commercially available
PFI. The mentioned injector was located at the intake manifold and was specified to be able to deliver
all the gasoline mass into the cylinder during the intake stroke. Consequently, the gasoline injection
timing was fixed at 10 CAD after the intake valve opening (IVO) to allow the fuel to flow along 160 mm
length (distance from PFI location to the intake valves seats). Accordingly, this set-up avoided fuel
pooling over the intake valve and the undesirable variability introduced by this phenomenon. The
main characteristics of the diesel and gasoline injectors are depicted in
tab:applsci-07-00036-t002.
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Table 2. Diesel and gasoline fuel injector characteristics.

Diesel Injector Gasoline Injector

Actuation Type Solenoid Actuation Type Solenoid
Steady flow rate @ 100 bar [cm3/s] 28.56 Steady flow rate @ 3 bar [cm3/s] 980

Number of Holes 7 Included Spray Angle [◦] 30
Hole diameter [um] 194 Fuel Pressure [bar] 5.5

Included Spray Angle [◦] 142 Start of Injection [CAD aTDC] 385

To carry out the experimental tests shown in Sections 3.1 and 3.2, commercially available diesel
and 98 octane number (ON) gasoline were selected as high and low reactivity fuels (HRF and LRF),
respectively. Their main properties are listed in tab:applsci-07-00036-t003. For convenience, the
properties of the fuels used in Section 3.3 will be presented there.

Table 3. Physical and chemical properties of the fuels used along the study.

Properties Gasoline Diesel

Density [kg/m3] (T = 15 ◦C) 772 824
Viscosity [mm2/s] (T = 40 ◦C) 0.37 2.8

Octane number [-] 98 -
Cetane number [-] - 52

Lower heating value [MJ/kg] 44.54 42.65

The engine was installed in a fully instrumented test cell, with all the auxiliary facilities required
for its operation and control, as it is illustrated in Figure 1.

Figure 1. Test cell setup.

To achieve stable intake air conditions, a screw compressor supplied the required boost pressure
before passing through an air dryer. The air pressure was adjusted within the intake settling chamber,
while the intake temperature was controlled in the intake manifold after mixing with the exhaust gas
recirculation (EGR) flow. The exhaust backpressure produced by the turbine in the real engine was
replicated by means of a valve placed in the exhaust system, controlling the pressure in the exhaust
settling chamber. Low pressure EGR was produced taking exhaust gases from the exhaust settling
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chamber. The EGR rate was calculated using the experimental measurement of intake and exhaust
carbon dioxide (CO2) concentration.

The concentrations of NOx, CO, unburned HC, intake, and exhaust CO2, and oxygen (O2) were
analyzed with a five gas Horiba MEXA-7100 DEGR analyzer bench by averaging 40 s after attaining
steady state operation. Smoke emissions were measured with an AVL 415S Smoke Meter and averaged
between three samples of a 1 liter volume each with paper-saving mode off, providing results directly
in FSN (Filter Smoke Number) units. Soot measurements of FSN were transformed into specific
emissions (g/kWh) by means of the factory AVL calibration.

2.2. In-Cylinder Pressure Signal Analysis

The combustion analysis was performed with an in-house developed one-zone model named
CALMEC. This combustion diagnosis tool uses the in-cylinder pressure signal and the mean variables
recorded during the experiments (engine speed, coolant, oil, inlet and exhaust temperatures, air, EGR,
and fuel mass flow) as its main inputs. The full description of the model can be found in [29], and the
main hypotheses are enumerated next:

• The pressure is supposed homogeneous in the combustion chamber. This hypothesis is generally
accepted since the fluid and the flame propagation velocity are lower than the speed of sound.

• The fluid that evolves inside the combustion chamber is considered as a mixture of air, gaseous
fuel, and burned products, which are considered to evaluate the thermodynamic conditions of
the mass trapped in the cylinder.

• An ideal gas behavior is assumed for the mixture that evolves in the combustion chamber. It is
reasonable to accept this assumption for the air and burned products, however, it could seem
inadequate for the gaseous fuel. In this sense, Lapuerta [30] compared the results from the
combustion analysis model using different state equations for the gaseous fuel. The results
confirmed that the differences in the mean temperature and Rate of Heat Release (RoHR) are
small enough to accept the hypothesis.

During the experiments, the in-cylinder pressure was measured with a resolution of 0.2 CAD using
a Kistler 61215C pressure transducer coupled with a Kistler 5011B10 charge amplifier. The pressure
traces from 150 consecutive engine cycles were recorded in order to compensate the cycle-to-cycle
variation during engine operation. Then, the individual pressure data of each engine cycle was
smoothed using a Fourier series low-pass filter. Once filtered, the collected cycles were ensemble
averaged to yield a representative cylinder pressure trace, which was used to perform the analysis.
The first law of thermodynamics was applied between intake valve closing (IVC) and exhaust valve
opening (EVO), considering the combustion chamber as an open system because of the blow-by and
fuel injection.

The main result of the model used in this work was the Rate of Heat Release (RoHR), which is
calculated as stated in Equation (1).

RoHR = mcyl ·Δucyl + ΔQW + p·ΔV −
(

h f ,iny − u f ,g

)
·Δm f ,evap + Rcyl ·Tcyl ·Δmbb (1)

The different terms found in the equation are explained below:

• RoHR: This term corresponds to the thermal energy released by the fuel assuming a constant heat
power along the combustion event.

• mcyl·Δucyl: This is the sensible internal energy variation of the gas trapped in the control volume.
As detailed in Lapuerta [31], this term is calculated by means of a specific correlation for each
specie. For each temporal step, these correlations are solved as a function of the mean temperature
in the control volume while pondering by the mass fraction of each specie.

• ΔQw: This terms accounts the heat transfer from the gas trapped in the control volume to the
surrounding surfaces of the piston, liner, cylinder-head and valves. The model do not consider
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the possibility of fuel impinged in the wall. The instantaneous heat transfer coefficient between
the gas and the different surfaces is based on Woschni [32] with some improvements detailed in
Payri et al. [33]. For the calculation of the different wall temperatures, a nodal heat transfer model
was implemented [34].

• p·ΔV: This term represents the total work made by the gas trapped in the control volume during
the calculation period. For the instantaneous calculation of the combustion chamber volume,
a mechanical deformations model is considered. This submodel takes into account both the
pressure made by the gas on the piston head and the inertial forces generated by the alternative
movement of the masses.

•
(

h f ,iny − u f ,g

)
·Δm f ,evap: This term includes all the energetic considerations associated to the fuel

injection process, i.e., the flow work, the heat needed to reach the evaporation temperature, and
the heating-up of the vapor fuel until reaching the combustion chamber temperature.

• Rcyl·Tcyl·Δmbb: Finally, the energy lost due to the blow-by through the piston rings is also
considered. The blow-by mass is calculated using an isentropic nozzle model to simulate the gas
evolution from the combustion chamber to the oil sump.

Once the RoHR is obtained, the start of combustion (SOC) is defined as the crank angle position
in which the cumulated heat release reached a value of 5% (CA5) and the combustion phasing is
defined as the crank angle position of 50% fuel mass fraction burned (CA50). Combustion duration
was calculated as the difference between CA90 and SOC.

The ideal gas equation of state was used to calculate the mean gas temperature in the chamber.
In addition, the in-cylinder pressure signal allowed obtaining the gas thermodynamic conditions in the
chamber to feed the convective and radiative heat transfer models, as well as the filling and emptying
model that provided the fluid-dynamic conditions in the ports, and the heat transfer flows in these
elements. The convective and radiative models are linked to a lumped conductance model to calculate
the wall temperatures [35].

2.3. Results Processing

A merit function [36] was used to select the best operating conditions in each one of the different
studies. The merit function (MF) is defined as shown in Equation (2):

MF = ∑
i

max
(

0,
xi
x∗i

− 1
)

(2)

where xi is the value of the ith constrained parameter at the given conditions, xi* is the constraint of
the ith parameter and i is the index over all the constraints.

The values of the constraints used to calculate the merit function were NOx = 0.4 g/kWh,
soot = 0.01 g/kWh, and maximum pressure rise rate (PRR) of 15 bar/CAD. These limitations were
aimed to fulfill ultra-low emissions while preserving the engine mechanical integrity. Thus, the
contribution to the merit function from a given variable will be zero if only the measured value is less
than or equal to the specified limit. When the merit function is non-zero, the contribution from each
constrained parameter can be examined separately to quantify the severity of its non-compliance.

If various operating conditions fulfilled all the constraints for the same specific study (which
results in a merit function value of zero), the best condition among these was considered the one that
minimized the fuel consumption.

3. Paths for Increasing RCCI Efficiency

During RCCI combustion, the fuel energy is typically apportioned in the ranges shown in Figure 2,
where the exact values obtained depend on the specific operating conditions and engine characteristics.
The present work investigates the effectiveness of different ways to modify the energy outgoing flow
path for minimizing the energy losses, thus providing the guidelines to maximize the efficiency of this
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combustion concept. The different paths are studied in a progressive way, so that the best solution
coming from a previous path was maintained for the following steps.
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Figure 2. Typical apportionment of the fuel energy among the different outgoing energy paths during
RCCI combustion.

The first path studied to increase the RCCI efficiency is the reduction of the losses associated
to incomplete combustion. As seen in Figure 2, this source of energy loss is not very relevant if
compared to the others, as it only represents the 5% of the input energy in the worst case. However, the
incomplete combustion results in very high levels of HC and CO emissions, which can compromise
the effectiveness of the aftertreatment systems and other subsystems. As the literature demonstrates,
higher combustion losses occur at low loads, where lower in-cylinder pressure and temperature
occur [22]. The solution explored in this work to minimize combustion losses is the optimization of the
engine settings, because it is the most straightforward solution to manage the in-cylinder reactivity.

The second way proposed for increasing the gross indicated efficiency is the reduction of the
heat transfer losses. In this sense, it is expected that only a portion of the recovered energy will be
extracted as additional gross work, while the rest will be merely rejected as thermal exhaust loss due
to the higher exhaust temperature. In any case, rising the exhaust temperature is more desirable than
rejecting the heat to the coolant, because it contributes to increasing the conversion efficiency of the
aftertreatment systems.

The third path to maximize RCCI efficiency relies on the fuel properties modification to look for
a proper in-cylinder fuel reactivity that enhances the combustion propagation. In this sense, several
studies confirm that, in order to achieve high efficiency while reducing NOx and soot emissions, the
higher portion of the energy should come from the low reactivity fuel [22,26]. This fact suggests
that the low reactivity fuel characteristics and its amount in the blend must have a key role on the
in-cylinder reactivity, so this will be the fuel source varied during the investigation.

3.1. Engine Settings Combination

The first path for increasing the RCCI efficiency relies on the engine settings combination. To do
this, it was decided to control three variables that govern the in-cylinder reactivity. Two of them were
the EGR rate and intake gas temperature (T), which define the gas charge thermodynamic properties.
The third variable studied was the gasoline fraction (GF), defined as the mass ratio of gasoline versus
the total fuel injected, because it defines the in-cylinder fuel reactivity.

The tests were done at 1200 rpm and 7.5 bar IMEP, which corresponds to 25% load in this engine
platform. This load was selected as representative as it is the minimum load considered in the World
Harmonized Stationary Cycle (WHSC), proposed by the EURO VI regulation. The combustion phasing
(CA50) was kept constant at +5 CAD ATDC, because this combustion phasing was found to offer a
good compromise between engine-out emissions and performance. The injection strategy for diesel
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fuel was fixed at −60/−50 CAD ATDC, and the pair of values EGR + GF and T + GF were adjusted to
keep the combustion phasing at the desired value.
tab:applsci-07-00036-t004 summarizes the engine settings tested with both strategies as well as those
for the baseline operating condition.

Table 4. Summary of all the tests performed at 7.5 bar to evaluate the two optimization strategies.

EGR [%] Intake T [◦C] Intake P [bar]
Gasoline

Fraction [%]
Diesel SOI

[CAD ATDC]

Baseline 45

40

1.35

75

−60/−50

Strategy 1 (EGR + GF)

50 50
46.5 61
43 69
38 78

Strategy 2 (T + GF) 45

30 50
40 61
50 71
60 79

Figure 3 shows the RoHR traces for the two strategies, EGR + GF (left) and T + GF (right).
Comparing both graphs, it is confirmed that EGR + GF strategy leads to higher maximum RoHR peaks
than T + GF. In the case of EGR + GF, the start of the low temperature heat release (LTHR) and the
LTHR peaks are equal for the four conditions tested. By contrast, the tests of T + GF denote a clear
dependence of the LTHR onset on the intake temperature, showing earlier onset as temperature rises.
In addition, it can be seen that the magnitude of the LTHR increases as diesel fuel mass increases
(GF is reduced).

Figure 3. RoHR traces for the experiments with both strategies: EGR + GF (left) and T + GF (right) at
7.5 bar IMEP and 1200 rpm.

In order to select the best tests for each strategy, the merit function defined in Section 2.3 was
applied to the complete batch of tests. Figure 4 represents the engine-out emissions and efficiency
for the best tests of the two strategies as well as for the baseline condition. It is worth noting that
the tests selected for both strategies are those that have near 70% of GF (EGR = 43% and T = 50 ◦C).
The results show that both methods allow the decrease of unburned products and improve the GIE
without penalizing NOx and soot emissions as compared to the baseline condition. Note that soot
emissions are not depicted in the graph because all the tests provided soot levels under the detection
limit of the smoke meter. Moreover, it is clear that EGR+GF provides higher gross indicated efficiency
(GIE) than the T + GF strategy.
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Figure 4. Comparison of the emissions and efficiency obtained with the two strategies versus the
baseline condition at 7.5 bar IMEP and 1200 rpm. The merit function values for each case are shown in
the second subplot.

The results of Figure 4 can be explained looking at Figure 5, where the RoHR traces and bulk gas
temperature for the three cases are represented. As seen from Figure 5, the RoHR profiles of baseline
and T + GF conditions are very similar, with only slightly earlier LTHR and HTHR onset in the case of
T + GF due to the higher intake temperature (+10 ◦C). The RoHR peak of the EGR + GF strategy is
50 J/CAD greater than the other two cases, which results in higher bulk gas temperature, even using
an intake temperature 10 ◦C lower than T + GF.

Figure 5. RoHR traces and bulk gas temperature for the best tests of both strategies and that for the
baseline condition at 7.5 bar IMEP and 1200 rpm.

The reduction of the unburned products found in Figure 4 with the two strategies, should
be related with the faster expansion period as compared to the baseline case. On the other hand,
CO emissions are greatly influenced by the in-cylinder temperature. As it can be seen, the bulk gas
temperate exceeds 1400 K in all cases, which is the threshold temperature to accelerate the CO oxidation.
Since the bulk gas temperature of EGR+GF and T + GF is higher than that of the baseline operating
condition, it is expected that a greater part of the in-cylinder charge experiences temperatures greater
than 1400 K, explaining the CO reduction observed with the two strategies.

In the light of the results, it is possible to conclude that to achieve low emissions and high
efficiency under the operating conditions tested, the EGR rate should be in the range of 43%–45%, GF
69%–71%, and intake temperature 40–50 ◦C. Moreover, the most efficient strategy seems to be achieved
with slightly lower GF and higher oxygen concentration than the others. This knowledge will be used
to define the boundary conditions in the next studies.
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3.2. Piston Bowl Geometry Optimization

As a second path to increase RCCI efficiency, it was considered to modify the piston geometry
for reducing the in-cylinder heat transfer losses. For this purpose, two new piston bowl geometries
were defined. The volumes of the designed combustion bowl geometries were matched to keep the
same geometric compression ratio as with the stock piston, which is 14.4:1. The three geometries are
illustrated in the cross-sectional views presented in Figure 6.

Figure 6. Cross-sectional views of the stock (left), tapered (middle), and bathtub (right) piston
bowl geometries.

The first new piston was called ‘tapered’. This bowl shape maintains the same central geometry
than the stock piston, with slightly higher height necessary to keep the same compression ratio.
The major change versus the stock piston is the tapered shape of the piston crown, which has two
main purposes. The first one is to limit the heat transfer in this region through the heat transfer
coefficient reduction due to the lower squish flow velocities [37]. Second, the tapered shape is intended
to improve the penetration of high temperature gas into the squish and near-liner regions, where a
great amount of gasoline gets trapped [22]. Moreover, this geometry resulted in near 6% less piston
surface area than the stock piston which also contributes to the heat transfer reduction.

The second geometry was called ‘bathtub’ as it follows some of the design guidelines provided by
Splitter et al. [38,39], which suggested that the efficiency of RCCI improves as the piston bowl radius
increases and the bowl depth decreases. The application of these findings to the piston blanks, resulted
in a piston bowl geometry with near 16% less piston surface area than the stock piston. This large
reduction in surface area, in combination with the more quiescent combustion chamber created by the
resulting flatter bowl geometry, should significantly reduce the heat transfer losses.

To evaluate the influence of the piston bowl geometry on RCCI combustion, a batch of parametric
studies of the key variables governing the fuel reactivity stratification (diesel injection timing and GF)
were performed from low to high load at 1200 rpm.
tab:applsci-07-00036-t005 summarizes all the engine settings tested. Note that the effective compression
ratio (CReff) was reduced down to 11:1 in the case of 18 bar IMEP to avoid the excessive knocking
levels provoked by the sudden ignition of the high amount of homogeneously mixed gasoline. The
CR reduction was done by shortening the intake event duration (early Miller cycle), through the
VVA system.

Table 5. Summary of all the tests performed to evaluate the three piston geometries.

7.7 bar IMEP

GF [%] Diesel SOIpilot Diesel SOImain CReff [-]
60 to 85 −60 to −40 −40 to −15 14.4:1

13.5 bar IMEP

60 to 70 −60 to −40 −40 to −9 14.4:1

18 bar IMEP

50 to 75 −60 to −40 −16 to −4 11:1

The bar chart shown in Figure 7, in which all bars have the same baseline value, summarizes the
best merit function results for each piston and load. The tests at 7.7 and 13.5 bar correspond to double
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injection, while single injection was found to be more suitable at 18 bar. As it can be seen EURO VI
NOx emissions levels are reached with all the pistons. However, only the stock and tapered geometries
allow working in the region under 0.01 g/kWh of soot emissions. From the second subfigure, it can be
inferred that the bathtub piston has a higher sooting tendency than the other two geometries. This
is thought to be related to the less prominent bowl, with reduces the turbulence near the top dead
center (TDC) and worsens the air-fuel mixing process. This hypothesis is in line with the results, since
the sooting tendency is more evident at high loads, where near TDC single injections are used and
therefore the bowl shape plays a key role on the mixing process. In terms of CO and HC emissions,
all the pistons are far from EURO VI levels. As it can be seen, the stock piston leads to less unburned
products than the new geometries at low and medium loads. The inversion of this trend at high load is
thought to be related with the change from double to single injection strategy. In this sense, the more
prominent bowl of the stock piston confines the diesel injection and avoids increasing the reactivity in
the crevice zone, which worsens the burning of the gasoline trapped in this region.

Figure 7. Best merit function results for each piston geometry at the different engine loads at 1200 rpm.
Note that all bars have the same baseline value.

Maximum PRR is reduced with the two new geometries, providing a great margin to the limit
at medium load conditions. The combustion duration (CA90-SOC) decreases when moving from 7.7
to 13.5 bar, and later increases. This occurs because the more reactive in-cylinder conditions at 13.5
than 7.7 bar allow introducing greater amount of gasoline, which becomes homogeneously-mixed
and promotes much faster heat release, even having similar combustion phasing (CA50). At 18 bar
IMEP, the injection strategy follows a single pattern to reduce the knocking levels. This leads to
some diffusion combustion period, which provokes an increase of both the combustion duration and
combustion phasing. Finally, as it can be inferred from the figure, the GIE has an inverse trend with
the piston surface area, i.e., higher efficiency as bowl surface area reduced. This fact suggests that
heat transfer reduction is contributing to the efficiency gain with the two new geometries. However,
considering the excessive sooting tendency of the bathtub piston at high load and that the tapered
piston does not provide a notable GIE increase versus the stock geometry, it was decided to keep the
stock piston mounted in the engine for the next studies.
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3.3. Fuel Autoignition Qualities Modification

The third path to maximize RCCI efficiency is based on modifying the fuel properties in order
to look for a suitable combination of high reactivity fuel (HRF) and low reactivity fuel (LRF) that
improves RCCI combustion.

Considering the mandatory presence of biofuels in the future context of road transport [40],
the ability of ethanol to be blended with gasoline [41], and the main conclusions extracted from RCCI
literature regarding ethanol [42], the low reactivity fuels selected to perform this study are E10-95,
E10-98, and E20-95. In addition, a diesel fuel containing the maximum biodiesel percentage currently
allowed to be distributed as a regular fuel grade in Europe, 7% by volume, has been used as high
reactivity fuel during all the study. This will be referred to as diesel B7. The main characteristics of the
four fuels are listed in tab:applsci-07-00036-t006. All the properties were
obtained following the American Society for Testing and Materials (ASTM) standards.

Table 6. Physical and chemical properties of the fuels used along the study.

Fuels

Properties Diesel B7 E10-95 E20-95 E10-98
Density [kg/m3] (T = 15 ◦C) 837.9 739 745 755

Viscosity [mm2/s] (T = 40 ◦C) 2.67 - - -
RON [-] - 98.8 99.1 103
MON [-] - 85.2 85.6 90

Ethanol content by volume [%] - 9.7 19.7 9.7
Cetane number [-] 54 - - -

Lower heating value [MJ/kg] 42.61 41.32 40.05 41.29

As can be seen in tab:applsci-07-00036-t007, the lower heating value
(LHV) of E20-95 is lower than the other two LRF. This is because of the greater ethanol content in
the blend. To take into account this fact during the comparison, the premixed energy ratio (PER) is
presented in Equation (3). The PER is defined as the energy ratio of the LRF versus the total delivered
energy, so that it ensures that during the tests all the LRF are compared at equal conditions in terms of
energy delivered to the engine.

Table 7. Summary of all the tests performed to evaluate the three combinations of HRF + LRF.

7.7 bar IMEP

PER [%] Diesel SOIpilot Diesel SOImain Energy/cycle [J]

65

−60

−20 to −35

2890
70 −20 to −35
75 −20 to −30
80 −20

13.5 bar IMEP

60

−60 −9 to −21 4900
65
70
75

18 bar IMEP

50

- −9 to +3 7200
55
60
65
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PER[%] =
mLRF · LHVLRF

mHRF · LHVHRF + mLRF · LHVLRF
(3)

As done in the previous section, to evaluate the influence of the LRF properties on RCCI
combustion, a batch of parametric studies varying the diesel injection timing and PER were proposed
at low, medium, and high loads at 1200 rpm. The different settings studied are depicted in
tab:applsci-07-00036-t007.

Figure 8 synthetizes the results of the best tests extracted from the merit function. As it can be
seen, all the fuels allow operating under the NOx and soot emissions limits. It is interesting to remark
that, at 7.7 bar gross IMEP, soot emissions were under the detection limit of the smoke meter for all
the fuels. This is due to the high PER used (low diesel amount injected) and the large advance of the
diesel injection timing [43], which provides enough mixing time to avoid soot formation [44]. Focusing
on CO and HC emissions, it is possible to state that, as a general trend, the operation with biofuels
results in higher levels of unburned products than with regular diesel and gasoline fuels. Moreover,
it is seen that the higher levels of both emissions are produced with E20-95 fuel, which has a large
ethanol content. Considering this, the higher CO and HC levels are thought to be related with the
greater enthalpy of vaporization of ethanol, which results in a cooling effect in the intake manifold and
therefore lower temperature peak at TDC.

Figure 8. Best merit function results for each fuel combination at the different engine loads at 1200 rpm.
Note that all bars have the same baseline value.

The maximum PRR increases as load increases. In this case, even using a single injection pattern at
18 bar, values near the 15 bar/CAD limit are observed. This is because the combustion phasing (CA50)
has been reduced substantially as compared to the results shown in the previous section. On the other
hand, following the same reasoning as the previous section, the combustion duration (CA90-CA10)
reduces first, and later increases. Regarding engine performance, the figure shows that all the biofuels
investigated allow more efficient operation than regular fuels (note that the GIE values for E20-95 and
E10-98 at low load are equal). In addition, it is clear that B7 + E10-95 performs better than the rest of
the fuels in all the load range, promoting the highest increase of GIE at low load (3% higher GIE than
regular fuels).
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4. Conclusions

The present work has investigated the effectiveness of different strategies to maximize the
efficiency of RCCI combustion in a single-cylinder heavy-duty diesel engine. The solutions explored
consisted of the optimization of the engine settings, modification of the piston bowl geometry, and
variation of the low reactivity fuel properties. The major findings from this study are summarized
as follows:

• The study regarding the engine settings combination revealed that both strategies (EGR + GF and
T + GF) improve as unburned products (CO and HC) as the GIE without increasing NOx and soot
emissions with respect to baseline condition. In addition, the results suggested that the EGR + GF
strategy provides more efficient operation than the T + GF strategy, allowing GIE peaks near 49%.

• Maintaining equal compression ratio (14.4:1), different piston geometries were tested. The results
showed that the bowl shape is a key parameter on the mixing process when delayed diesel
injection timings are used, i.e., when moving towards high loads. Indeed, only two of these
geometries, tapered and stock, were able to work below 0.01 g/kWh of soot levels at 18 bar IMEP,
whereas the bathtub geometry produces excessively high levels of soot due to the absence of a
prominent bowl shape, which reduces the turbulence at TDC. The stock piston produced lower
unburned HC than the other geometries. However, the two new geometries showed improved
thermal efficiency versus the stock piston, findings that are in line with the heat transfer reduction
due to the lower bowl surface area.

• Following the path to improve the RCCI concept, fuels have been studied in order to establish
criteria about the types of HRF and LRF which enhance the RCCI combustion. The study has
been performed with ethanol-added gasoline and B7 biodiesel fuel. Results demonstrate that this
type of fuel can promote more efficient operation than regular diesel and gasoline, achieving up
to 3% greater GIE with the B7 + E10-95 fuel combination. On the other hand, excessively higher
unburned HC and CO emissions were obtained. This fact should be further studied in the future,
since it can compromise the efficiency of the aftertreatment systems.
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Abstract: Around a third of the energy input in an automotive engine is wasted through the exhaust
system. Since numerous technologies to harvest energy from exhaust gases are accessible, it is of
great interest to find time- and cost-efficient methods to evaluate available thermal energy under
different engine conditions. Computational fluid dynamics (CFD) is becoming a very valuable
tool for numerical predictions of exhaust flows. In this work, a methodology to build a simple
three-dimensional (3D) model of the exhaust system of automotive internal combustion engines (ICE)
was developed. Experimental data of exhaust gas in the most used part of the engine map in passenger
diesel vehicles were employed as input for calculations. Sensitivity analyses of different numeric
schemes have been conducted in order to attain accurate results. The model built allows for obtaining
details on temperature and pressure fields along the exhaust system, and for complementing the
experimental results for a better understanding of the flow phenomena and heat transfer through the
system for further energy recovery devices.

Keywords: CFD (computational fluid dynamics); model; exhaust; diesel; engine; energy recovery

1. Introduction

Around a third of the fuel energy in a light-duty diesel engine is wasted through the exhaust
system [1]. Rising awareness of environmental issues together with the fuel economy have encouraged
research on energy recovery [1,2] from exhaust gas. An obvious first step for energy recovery is
evaluating the heat source. The nature of exhaust flow changes during engine operation. Hence, there
is a need for models that allow evaluating exhaust gas in a cost- and time-efficient manner under
different engine conditions.

Computational fluid dynamics (CFD) is becoming a very popular tool for numerical predictions
in the automotive industry. CFD models are employed in five major areas: vehicle aerodynamics,
thermal management (cooling and climate control), cylinder combustion, engine lubrication and
exhaust system performance. The main applications of CFD in exhaust systems are: flow distribution
in the front of the monolith, pressure loss through exhaust system, skin temperature prediction, heat
loss analyses and emission-related studies [3].

High levels of energy lost through engine exhaust have brought attention to heat transfer in
exhaust systems and how to model associated phenomena.

In Konstantinidis et al. [4], the status of knowledge regarding heat transfer phenomena in
automotive exhaust systems was summarized, and a transient model covering diverse exhaust piping
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configurations was presented. Using this model, Kandylas et al. [5] studied heat transfer in automotive
exhaust pipes for steady and transient conditions. It is stated that the code is suitable to support
a complete and efficient methodology for design optimization.

Not only are exhaust heat transfer and temperature models important for energy recovery, but
also for on-board control and diagnosis of the after-treatment system. In the work of Guardiola et al. [6],
diesel oxidation catalyst (DOC) inlet temperature was modelled depending on fuel mass flow and
engine speed using an engine map look-up table.

Traditionally, one-dimensional (1D) simulations using in-house or commercial codes have
been used to study exhaust flow. In Shayler et al. [7], a 1D model of system thermal behavior
was developed. The exhaust system is modelled as connected pipe and junction elements with
lumped thermal capacities. Heat transfer correlations for quasi-steady and transient conditions were
investigated. The computational model supports studies of exhaust and after-treatment system design,
the investigation of thermal conditions, and performance characteristics. Model predictions and
experimental data were in good agreement.

In Kapparos et al. [8], a 1D heat transfer model in an automotive diesel exhaust is presented.
The external natural convective heat transfer coefficient was given by Churchill and Chu’s correlation.
A sensitivity analysis of the main variables (heat transfer coefficient, external pipe emissivity and
others) affecting heat transfer in exhaust pipes was carried out. Fu et al. [9] developed a 1D model of
an exhaust pipe (without the catalytic converter). Apart from typical variables studied, effects of pipe
geometry and flow regime were investigated.

One-dimensional tools have the advantage of shorter computational time, but the accuracy of the
results is limited by their inability to simulate 3D flow effects in regions such as the inlet and outlet
cone. Usually strong turbulent flow exists when angled and asymmetrical cones are presented [3].

Three different approaches were used in Fortunato et al. [10] to simulate the exhaust and
underbody of the car: 1D, 3D finite elements and 3D complete thermo-fluid-dynamics. Both 3D
models allowed to detect the most critical points in terms of higher temperatures

In Chuchnowski et al. [11], temperature distribution and heat flow analyses on the exhaust
system of a mining diesel engine to determine technical parameters of a heat recuperation system are
presented. Three-dimensional numerical simulations show it is possible to develop a suitable design
of an energy recovery device.

Simulations in a coupled three-dimensional thermal model including the underhood, underbody
and exhaust systems of a vehicle were conducted by Guoquan et al. [12]. Pulsating flow and steady
flow effects were compared. Pulsating exhaust showed an enhancement of more than a 10% in heat
transfer. Influence of this effect was higher at the final components of the exhaust, such as the muffler.

Research has also been focused on finding optimal position for exhaust components.
Durat et al. [13] compared experimental and CFD heat transfer results in an exhaust system of
a spark-ignition engine. An optimal position of a close-coupled catalytic converter in terms of light-off
time was found using the CFD model. Liu [14] developed a 3D exhaust model to study the optimal
position of a heat recovery device. Three different simulations were carried out varying the position of
a thermoelectric generator along the system. Higher surface temperature and lower backpressure were
obtained when the recovery device was placed between catalytic converter and muffler. The influence
of materials and insulation on heat transfer in catalytic converters has also been discussed employing
a 3D model [15].

In the same way preceding authors have employed CFD simulations successfully to find
an optimal position for exhaust components or to assist in their design, CFD can also be used to gain
knowledge of the relevant characteristics of the flow in terms of its usage in energy recovery. Previous
works [16] state that knowledge of heat transfer within the gas is critical to enhance harvested energy.

In exhaust systems, not only should heat transfer to surroundings be reproduced but also chemical
reactions in catalytic processes, since after-treatment devices can modify gas temperature. Most
mathematical kinetics models rely on the Langmuir-Hinshelwood expressions derived on pellet-type
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Pt catalysts for the CO and HC oxidation with modified parameters (activation energies and activity
factors), best suited to the case modeled. This approach is widely employed because it provides
acceptable accuracy in the most common automobile range of operation.

Measurements on pellet-type platinum-alumina catalysts have been processed [17] to derive
kinetic rate expressions for the oxidation reactions of CO and C3H6 under oxygen-rich conditions
for a better understanding of platinum oxidation catalysts in automotive emission control systems.
Terms accounting for CO, C3H6 and NO inhibition were included. The isothermal reactor approach in
a numerical integration-optimization method was used to fit the kinetic parameters. These expressions,
especially as written by Oh et al. [18], have been widely used [19–22]. This approach has also been
used to build simpler kinetic models over a range of interest [23].

Detailed kinetics for a Pt/Rh three-way catalyst were described in Chatterjee et al. [24]. The model
consists of 60 elementary reaction steps and one global reaction step, involving 8 gas species and
23 site species. It considers the steps of adsorption of the reactants on the surface, reaction of the
adsorbed species, and desorption of the reaction products. This approach includes a mechanism
of C3H6 oxidation on Pt/Al2O3, a mechanism of NO reduction on Pt, and a mechanism for NO
reduction and CO oxidation on Rh. This model has been used when more accuracy is required, as in
Kumar et al. [25].

Nevertheless, due to the variety of washcoat materials and loadings of the monoliths and to
ageing effects of after-treatment devices, the kinetic parameters published have difficulties in fitting
to conditions or catalytic converters different from the study cases. To overcome the difficulty of
finding kinetic parameters fitted to their application, it would be of interest to have a simple method
for researchers to develop their own kinetic constants for CFD exhaust models.

The real physical space of a full-size monolith converter contains thousands of tiny channels
and could present an extremely time-consuming problem to solve. There are several approaches to
modeling the monolith of a catalytic converter. For simulations of the converter performance, most
models use a volume-averaging method and treat the monolith as a continuous porous medium [23–26].
With the porous medium, approach channels are not simulated but a macroscopic understanding of
the flow is achieved while keeping the computational requirements affordable.

The scope of this work is to develop a combined theoretical and experimental methodology to
build an exhaust model to obtain information about temperature and heat losses along the system.
Results were used to provide an insight into those flow characteristics that must be taken into account
when harvesting energy, especially but not exclusively for thermoelectric modules. The model does
not only intend to reproduce the behavior of the exhaust system at a single operation point but in
the whole most-used part of the engine map. This information is needed to evaluate the exhaust gas
energy available for recovery under real operating conditions.

2. Materials and Methods

2.1. Materials

2.1.1. Engine

Tests were carried out in a test-bench with a Nissan YD22 four-stroke, turbocharged, four-cylinder
diesel engine. The engine bore and stroke are, respectively, 86 mm and 130 mm, and the compression
ratio is 16.7:1. The exhaust system (Figure 1) is equipped with a diesel oxidation catalyst (DOC) and
a muffler.
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(a) (b) 

Figure 1. View of the engine test bench including (a) the exhaust system pipe and (b) the diesel
oxidation catalyst (DOC).

2.1.2. Measurement Devices

Piezo resistive pressure sensors and K-type thermocouples were used for measuring pressure
and temperature of the gas along the exhaust system (see Figure 2). The exhaust mass flow rate was
calculated from the addition of fuel and air mass flow rates. Skin temperatures used in calculations
were provided by the IR camera Gobi-384 GigE.

 

Figure 2. Sketch of the exhaust with measurement points involved in the development of the model.
The exhaust system is 4 m long and pipe has a diameter of 5 cm (figure not to scale).

Pollutants are measured using an ENVIRONNEMENT manufacturer equipment. A TOPAZE
32M model was used as NOx analyser, based on the chemiluminescence effect from NO oxidation
by ozone (O3). The GRAPHITE 52M gas analyser measures total hydrocarbons (THCs) by flame
ionization detection while a MIR 2R gas analyser measures CO and CO2 species, detecting the
molecules absorption in the infrared spectrum. Other species compositions are estimated via chemical
balances from fuel and air consumption.

2.2. Methods

2.2.1. Test Plan

The velocity profile imposed by the New European Driving Cycle (NEDC) used for light-duty
vehicle certification was translated into engine operating conditions (torque and engine speed),
as shown in Figure 3 (black squares), employing longitudinal dynamics equations [27,28]. Then,
a matrix of nine steady-state modes (see Figure 3, circles) covering the most-used quarter of the engine
map under both urban and extra-urban NEDC conditions was selected for testing.
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Figure 3. Test matrix. Circles represent selected engine operating points.

2.2.2. Experimental Characterization of Model Input Parameters

(a) Monolith pressure loss characterization.

The classical approach that links pressure drop and velocity in flows through porous media is
the Forchheimer equation (Equation (1)), that can be derived from the Navier–Stokes equation for
one-dimensional, incompressible and steady laminar flow of a Newtonian fluid in a rigid porous
medium [29]:

− dp
dx

=
1
κ
(μ·v) + β

(
ρ·v2

)
(1)

The second term in the right can be interpreted as a second-order correction to account for the
contribution of inertial forces, but, at sufficiently low velocities, this effect is negligible and Equation (1)
can be reduced to Darcy’s law (Equation (2)) [30]:

− dp
dx

=
1
κ
(μ·v) (2)

Darcy’s law can be rewritten in the form of Equation (3), relating the average fluid velocity v
through the pores with pressure drop Δp along a segment of length L.

− Δp
μL

=
1
κ

v (3)

If the equation from the linear fit of the scatter plot of −Δp
μL vs. v is (Equation (4)):

Y = BX (4)

then Darcy’s constant κ can be derived as follows (Equation (5)):

κ =
1
B

(5)

(b) Heat transfer to surroundings.

Natural convection to pipe surroundings in the test-bench needs to be included. Wall temperatures
along the exhaust pipe were measured using thermography. Figure 4 shows, as an example, views of
the external surface of the pipe and the DOC.
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(a) (b) 

Figure 4. Example of infrared images of the exhaust line in (a) the exhaust pipe and (b) the DOC.
Temperatures in the scale are in ◦C. Squares seen in (a) are wall temperature measurement points.

An average skin temperature was used to calculate an effective convection heat transfer coefficient.
This skin temperature simplification is considered as reasonable, since calculation of heat transfer rates
is not very sensitive in the values of pipe wall temperatures [5].

Total transferred heat from pipe wall to surroundings is
.

Q (W) (Equation (6)):

.
Q = h∞πd(Twall − T∞) + επdLσ

(
T4

wall − T4
amb

)
(6)

Here, all terms in the right side of Equation (6) are grouped in one single equivalent convection
term (Equation (7)):

.
Q = he f f πdL(Twall − T∞) (7)

The effective convection coefficient accounts for convection and radiation heat losses, although
radiation heat transfer to the environment is expected to be low, since wall temperature is below
400 ◦C [4]. A similar approach is explained in Kapparos et al. [8].

Based on the measured exhaust gas and pipe wall temperatures, an energy balance for the exhaust
gas is employed for the calculation of the heat flux. The resulting heat fluxes are employed in the
estimation of a mean gas-to-wall convection coefficient.

Since temperature at both ends of the exhaust pipe are measured, total heat losses
.

Q (W) can be
obtained as Equation (8):

.
Q =

.
mgcp,g

(
Tg,in − Tg, out

)
(8)

Equaling Equations (7) and (8), he f f can be derived as Equation (9):

he f f =

.
mgcp,g

(
Tg,in − Tg, out

)
πd(Twall − T∞)

(9)

(c) Estimation of kinetic parameters.

Under light-off temperatures (about 200 ◦C) catalytic processes remain basically inactive. Until
activation temperature is reached, reactions are chemically controlled. On the other hand, post-light-off
reaction rates are limited mainly by mass transfer and, consequently, conversion efficiency depends
on the residence time within the monolith, the surface to volume ratio of the monolith and the mass
transfer [31]. In operating conditions from test matrix, catalytic reactions are normally within the
light-off band. Thus, estimation of kinetic parameters is needed.

Two main reactions occurring in DOCs, as in Voltz et al. [17], are modeled (Equations (10) and (11)):

C3H6 +
3
2

O2 → 3 CO2 + 3 H2O (10)
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CO +
1
2

O2 → CO2 (11)

Propylene is representative of the easily oxidized hydrocarbons, which constitute about 80% of the
total hydrocarbons found in a typical exhaust gas. Other saturated hydrocarbons (typically represented
as methane or propane) that are resistant to oxidation usually make up the remaining 20% [17]. Since
only total hydrocarbon (THC) data is available and fast oxidation hydrocarbons represent the majority
of the THC, propylene alone was used as representative of the HC (as is common [32]).

Usually adopted forms of the rates of CO and HC oxidations are as follows (Equations (12)
and (13)):

RCO =
kCOcCOcO2

G
(12)

RC3 H6 =
kC3 H6 cC3 H6 cO2

G
(13)

where G is a term accounting for NO, CO and HC inhibition effects on oxidation (Equation (14)):

G = Ts
(
1 + K1cCO + K2cC3 H6

)2(1 + K1cCO + K2cs,C3 H6

)2
(

1 + K3c2
COc2

C3 H6

)(
1 + K4c0.7

NO

)
(14)

Since the intended target is an empirical model to fit experimental data and power-law reactions
showed good performance, an inhibition term was not included (Equations (15) and (16)):

RCO = kCOcCOcO2 (15)

RC3 H6 = kC3 H6 cC3 H6 cO2 (16)

Arrhenius kinetic constants km are defined as (Equation (17)):

km = Ame−
Ea,m
RTs (17)

The problem is reduced to obtain the pre-exponential factors Am and activation energies Ea,m. For
both species, an iterative process varying the pre-exponential factor in CFD simulations is conducted
until the deviation of outlet concentration value from the experimental is as much as 0.1%. Once this is
achieved, values of km are obtained. This tuning process is done for the different operating conditions,
and then km of each reaction is obtained as a function of monolith temperature (provided by CFD
results). This iterative process needs to be followed just once (to obtain the above-mentioned constants
and implement them in the model) and not for every prospective 3D simulation.

The simulations were performed on a 2D axisymmetric DOC model. The 2D model maintained
the same characteristic lengths but with a simplified geometry (see Figure 5), allowing fast iterative
simulations. Other aspects about set-up of these 2D simulations are the same than those presented
below for the 3D calculations.

Figure 5. Geometry of the 2D axisymmetric DOC model for the tuning process of kinetic parameters.
Darker shade of grey represents the monolith.
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From results, the kinetic exponential law (Equation (17)) can be obtained, since (Equation (18)):

ln km = Cm − Dm

Ts
(18)

where Ci and Di are constants from the linear fit. Sought kinetic constants are (Equations (19) and (20)):

Am = eCm (19)

Ea,m = DmR (20)

2.2.3. Three-Dimensional CFD Model

(a) Simulations setup

The numerical solution of the continuity, momentum, energy and species equations was computed
using a CFD proprietary code (ANSYS Fluent 16), based on the finite volume method. In this
work, a steady state, three-dimensional, viscous, turbulent and incompressible (since the maximum
Mach number is below 0.3) flow was assumed. Pressure–velocity coupling was taken care of by the
segregated, pressure-based solver, the Semi-Implicit Method for Pressure-Linked Equations (SIMPLE)
algorithm [33]. Summary details of spatial discretization are presented in Table 1. The convergence
criteria were set to 10−6 for the thermal energy and chemical residuals and 10−4 for residuals from
mass, momentum, turbulence kinetic energy and turbulence energy dissipation rate. Relevant physical
and chemical quantities were monitored to assure convergence.

Table 1. Summary of the spatial discretization.

Parameter Value

Gradient Least-squares cell-based

Pressure Standard

Momentum
Second order upwindSpecies conservation

Turbulent kinetic energy

The governing equations solved are the continuity equation (Equation (21)), momentum equation
(Equation (22)), energy equation (Equation (23)) and conservation equation for chemical species
(Equation (24)):

∂ρ

∂t
+

∂

∂xi
(ρui) = 0 (21)

∂

∂t
(ρui) +

∂

∂xi

(
ρuiuj

)
= − ∂p

∂xi
+

∂

∂xi

[
μ

(
∂uj

∂xi
+

∂ui
∂xj

)]
+

∂

∂xi

(
−ρu′

i u
′
j

)
+ ρgi + Fi (22)

∂

∂t
(
ρcpT

)
+

∂

∂xj

(
ρujcpT

)− ∂

∂xj

(
K

∂T
∂xj

)
= ST (23)

∂

∂t
(ρYm) +

∂

∂xj

(
ρujYm

)
= − ∂

∂xj
Jm,j + Rm + Sm (24)

Notice that for steady simulations, time-dependent terms become zero.

(b) Turbulence

A laminar regime was forced in the monolith because of small Reynolds numbers due to low
velocity and very small hydraulic diameter inside channels.
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In the other parts of the domain, Reynolds-averaged Navier–Stokes (RANS) approach was
employed with the realizable k − ε model [34] selected. This model has the same turbulent kinetic
energy equation as the standard k − ε model but holds an improved equation for ε. Compared to
standard k − ε, it shows better performance for flows involving: planar and round jets (predicts
round jet spreading correctly), boundary layers under strong adverse pressure gradients or separation,
rotation, recirculation or/and strong streamline curvature [34].

(c) Computational domain

Simulation domain comprehends the area of interest for energy recovery. Great energy is lost in
the muffler [35] and energy harvesting must be performed before it. After-treatment processes, such as
chemical reactions within the DOC, might be affected by a temperature change caused by some sort of
energy recovery device [36]. Consequently, energy recovery should take place between after-treatment
devices and the muffler, as pointed out in [14]. The simulation domain includes the DOC and the
exhaust pipe (see Figure 6). DOC must be included, since exothermal chemical reactions taking place
in it can modify gas temperature. In order to obtain a properly-developed velocity profile at the inlet,
an extruded entrance zone is added to the physical domain.

Figure 6. Three-dimensional geometry model of the exhaust system.

(d) Computational mesh

Given the nature of the geometry, a hybrid Tet/Hex mesh (see Figure 7) has been used to define
the computational domain. Complex 3D features such as inlet and outlet DOC cones have been meshed
by means of tetrahedral elements, and hexahedral meshes have been used for the monolith and the
duct. In order to ensure the accuracy of the calculations, a grid independence study was conducted
and mesh independency was achieved with a 6.5 × 105 elements grid with an average mesh size of
3 × 10−3 m.

Figure 7. Mesh detail. Tetrahedral (DOC inlet and outlet cones) and hexahedral zones (monolith and
pipe) can be distinguished.
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(e) Boundary conditions

Table 2 shows boundary condition types selected for the model. A commonly employed porous
medium approach was used for the monolith, with a one-directional pressure gradient. Boundary
conditions values are presented in Table 3.

Table 2. Boundary conditions included in the model.

Boundary Type

Inlet Mass-flow inlet

Outlet Pressure-outlet

Walls Wall with convection heat transfer

Monolith
Anisotropic porous media

Porosity: 0.74
Viscous pressure loss coefficient: 5.9 × 107 m−2

Table 3. Measured temperatures, mass flow values and outlet pressure. These values have been
employed as boundary conditions for the model.

Engine Speed (min−1) 1000 1700 2400

Engine Torque (Nm) 10 60 110 10 60 110 10 60 110

Exhaust mass flow (kg/s) 0.017 0.019 0.020 0.023 0.027 0.041 0.031 0.045 0.066
Tgas,in (◦C) 131.0 244.3 385.9 164.0 302.0 363.7 199.1 305.4 348.9

Outlet relative pressure (Pa) 70 220 370 330 560 1690 720 1940 4540

A total amount of seven species are considered in gas composition (see Table 4). Oxidations of
carbon monoxide and propylene, as explained in the previous section, are accounted for.

Table 4. Modeled species and volumetric fraction range in gas inlet composition within the test matrix.

Engine Speed
(min−1)

1000 1700 2400

Engine Torque
(Nm)

10 60 110 10 60 110 10 60 110

N2 7.8 × 10−1 7.6 × 10−1 7.4 × 10−1 7.8 × 10−1 7.6 × 10−1 7.6 × 10−1 7.7 × 10−1 7.7 × 10−1 7.6 × 10−1

O2 1.7× 10−1 1.3 × 10−1 7.0 × 10−2 1.6 × 10−1 1.1 × 10−1 9.6 × 10−2 1.7 × 10−1 1.2 × 10−1 1.1 × 10−1

H2O 2.2 × 10−2 5.1 × 10−2 8.5 × 10−2 3.2 × 10−2 6.4 × 10−2 7.0 × 10−2 2.4 × 10−2 5.5 × 10−2 6.0 × 10−2

CO2 2.2 × 10−2 5.7 × 10−2 9.9 × 10−2 3.1 × 10−2 6.7 × 10−2 7.0 × 10−2 3.5 × 10−2 5.6 × 10−2 6.6 × 10−2

NO 1.6 × 10−4 7.2 × 10−4 1.2 × 10−3 1.3 × 10−4 3.0 × 10−4 7.4 × 10−4 1.3 × 10−4 2.5 × 10−4 4.3 × 10−4

CO 2.2 × 10−4 1.1 × 10−4 1.6 × 10−4 4.1 × 10−4 2.0 × 10−4 1.9 × 10−4 5.9 × 10−4 3.8 × 10−4 1.7 × 10−4

C3H6 8.8 × 10−5 5.4 × 10−5 9.4 × 10−5 1.3 × 10−4 6.7 × 10−5 5.0 × 10−5 1.5 × 10−4 9.0 × 10−5 5.4 × 10−5

(f) Boundary layer sensitivity analysis.

A mesh with a special refinement (three layers) near the walls and other without it were tested.
Only a part of the domain was used (DOC and a section of the exhaust pipe) in order to reduce
computational requirements. As can be seen in Table 5, refinement along the boundary layer adds
a considerable number of extra cells and does not provide significant variations.

Table 5. Boundary layer sensitivity analysis results.

Case Transferred Heat (W) Number of Mesh Cells

Without boundary layer refinement 455.7 4 × 105

With boundary layer refinement 459.5 2.1 × 106
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Boundary layer refinement results differed from the base case by less than 1% and required five
times more cells. It can be stated that the model is not boundary layer-sensitive and, hence, boundary
layer refinement is omitted.

(g) Wall treatment sensitivity analysis.

Three different wall approaches were tested to study their influence in the results of the model:
standard, non-equilibrium and enhancement wall functions (Figure 8).

The standard wall functions proposed by Launder and Spalding [37] have been widely
used, but the assumption of logarithmic velocity distribution treatment may not be adequate for
complex non-equilibrium flows. To overcome this, non-equilibrium wall functions are based on
pressure-gradient sensitized Launder and Spalding’s [37] log-law for mean velocity.

Enhanced wall treatment is a near-wall modelling method that combines a two-layer model with
enhanced wall functions. A one-equation relationship is used to evaluate the laminar sub-layer with
fine mesh and transition to log-low function for the turbulent part of the boundary layer. The restriction
that the near-wall mesh must be suitably fine might impose large computational requirements.

Figure 8. Results of test runs with different wall functions. No great disagreement between the three
approaches was obtained.

More accurate wall functions such as non-equilibrium or enhanced showed no more than
a 3% discrepancy with the standard approach, while requiring eight times more mesh elements.
Consequently, the standard wall functions were selected.

3. Results

3.1. Pressure Loss Coefficient

Different exhaust mass flows and their corresponding pressure drops were measured to obtain
accurate predictions. Empirical data (Figure 9) show a clear linear correlation between velocity and
pressure drop (being v the horizontal axis and −Δp

μL the vertical axis) and Darcy’s law can be employed.

The resulting Darcy’s constant is κ = 1.695 × 10−8 m2.
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Figure 9. Plot for viscous resistance derivation. Linear fit constant: B = 5.9 × 107 m−2.

3.2. Convection Heat Transfer Coefficient

Effective convection coefficients derived in each operation mode are presented in Table 6.

Table 6. Experimentally-derived effective convection heat transfer coefficients for each operating mode
in test matrix.

Engine Speed (min−1) Torque (Nm) heff (W/m2K)

1000 10 11.1
1000 60 14.6
1000 110 17.9
1700 10 13.3
1700 60 15.8
1700 110 17.9
2400 10 14.1
2400 60 16.7
2400 110 18.6

3.3. Kinetic Parameters

Complete and zero species consumption at DOC are not useful for estimating kinetic parameters.
Therefore, data close to 0 or 100% conversion were excluded from calculations. Given that light-off
bands seemed to be narrow, particularly for CO, two sets of experiments needed to be used. Due to
intended repeatability of the experiments, similar tests would result in similar results, adding no new
information. It was decided to repeat the test matrix under very different external ambient conditions,
so that different exhaust temperature results in the range of interest are obtained (see Figure 10).
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(a) (b) 

Figure 10. Plot for (a) CO kinetic parameters derivation. Linear fit: CCO = 21.261, DCO = 5685.10 K (b)
C3H6 kinetic parameters derivation Linear fit: CC3H6 = 14.647, DC3H6 = 2388.55 K.

Resulting kinetic parameters are shown in Table 7:

Table 7. Obtained kinetic parameters for CO and C3H6 oxidations.

ACO(m3/(mol·s) 3.42 × 106

ECO(m3/(mol·s) 4.73 × 104

AC3 H6 (m3/(mol·s) 2.30 × 103

EC3 H6 (J/mol) 1.98 × 104

3.4. Chemical Results

Kinetic model results are shown in Table 8. Measured and modelled conversions of CO and
propylene are included.

Table 8. Experimental versus chemical model conversion results.

Engine
Speed

(min−1)

Torque
(Nm)

Measured
CO

Conversion
(%)

Modelled
CO

Conversion
(%)

Error in
CO

Conversion
(%)

C3H6

Conversion
(%)

Modelled
C3H6

Conversion
(%)

Error in C3H6

Conversion
(%)

1000 10 27.3 25.8 −1.4 1.4 0.0 −1.4
1000 60 90.9 99.2 8.3 83.3 88.4 5.1
1000 110 93.7 100.0 6.2 79.3 85.5 6.2
1700 10 51.2 39.6 −11.6 3.6 0.0 −3.6
1700 60 95.0 99.9 4.9 69.0 80.8 11.8
1700 110 99.5 100.0 0.5 58.0 69.8 11.8
2400 10 66.10 64.7 −1.4 72.0 76.3 4.3
2400 60 97.37 99.1 1.8 73.6 67.4 −6.2
2400 110 100.0 98.9 −1.1 58.8 55.4 −3.4

3.5. Temperature and Heat Results

To assess the complete model, experimental tests were conducted in five operating points from
the test matrix. Modelled outlet temperature Tg, out and heat loss through the exhaust pipe

.
Q are

compared with experimental results in the five calibrating points (see Table 9).
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Table 9. Experimental versus model thermal results in calibration engine modes.

Engine Speed
(min−1)

Torque
(Nm)

Measured
Tg, out (◦C)

Modelled
Tg, out (◦C)

Error in
Tg, out (%)

Experimental
.

Q (W)

Modelled.
Q (W)

Error in
.

Q
(%)

1000 60 176 169 4.0 1384 1407 1.6
1700 10 125 123 1.6 915 876 −4.3
1700 60 235 226 3.7 2016 2063 −2.3
1700 110 299 288 3.7 2977 3107 −4.4
2400 60 263 256 2.7 2423 2508 3.5

The remaining four operating points of the test matrix are used to evaluate the model out of
training points. Results are shown in Table 10.

Table 10. Experimental versus model thermal results out of calibration engine modes.

Engine Speed
(min−1)

Torque
(Nm)

Measured
Tg, out (◦C)

Modelled
Tg, out (◦C)

Error in
Tg, out (%)

Experimental
.

Q (W)

Modelled.
Q (W)

Error in
.

Q
(%)

1000 10 94 96 1.4 590 562 −4.9
1000 110 269 253 5.9 2587 2639 2.0
2400 10 167 164 1.8 1287 1357 5.4
2400 110 310 300 3.0 3286 3364 2.4

3.6. Flow Temperature Distribution at the DOC Outlet

As commented in Section 2.2.3, it is suggested that energy recovery processes should take place
downstream of after-treatment devices in order not to interfere with their operation. However,
they should also occur sufficiently close in order to minimize further thermal energy dissipation to
the surroundings. Therefore, the analysis of the flow abandoning the DOC is essential to know the
working conditions of energy-harvesting devices.

Low uniformity in inlet flow occurring in most catalysts leads to different flow paths with different
residence times. Flow inside the DOC is subject to cooling because external convection and heating
because of chemical reactions in the DOC. These different paths (see Figure 11) caused by the inlet
cone cause a gradient of temperature in the outlet section of the catalytic converter, as can be seen
in Figure 12.

Figure 11. Streamlines and inlet velocity distribution in the monolith. An example of usual bad flow
uniformity caused by inlet cones in automotive catalysts can be seen.
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Coefficient of variation (standard deviation divided by mean value) of temperature distribution
across the DOC outlet area (distribution shown in Figure 12b) was calculated from results of the
CFD model. This statistical coefficient accounts for the dispersion from the average temperature flow.
As can be seen in Figure 13, variation in temperature is enhanced in engine conditions with low mass
flows, since flow thermal inertia is also lower. Engine modes in which catalytic reactions are active
(see black dots in Figure 13) present more uneven distribution than those in which they are inactive
(see white dots in Figure 13).

(a) (b)

Figure 12. Temperature distribution for the 2400 rpm–110 Nm mode in (a) monolith, outlet cone and
exhaust pipe and (b) cross-section of DOC outlet (before exhaust pipe).

Figure 13. Plot for coefficient of variation in temperature distribution at DOC outlet. White dots
represent engine modes in which chemical processes were not active.

3.7. Temperature Loss along the Exhaust Pipe

Sometimes, because of limitations in available space or ease of installation, the selected place
for energy recovery devices moves away from the location with the maximum temperature available
(immediately before the after-treatment systems). Average temperature of the exhaust gas in the
first 50 cm downstream of the DOC was obtained from the validated model to quantify the loss in
temperature when moving the energy recovery device away from the DOC.
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Test-bench results with natural convection were compared with external forced convection (as in
a moving vehicle with velocity v∞). Forced convection was simulated as boundary condition in pipe
walls. Two different modes (lowest and highest engine power within the test matrix) were studied
for each external condition. Forced convection coefficients were calculated with external parallel flow
correlations [38] taking into account velocities of the vehicle at those engine conditions. Notice that
natural convection conditions can also be relevant in moving vehicles since the part of the exhaust
pipe adjacent to the DOC could not be in contact with car underbody air.

Average temperature decreases (ΔT/L) for external natural convection (test-bench) range from
0.9 ◦C/dm in the lower power mode to 1.2 ◦C/dm in the higher power mode. For forced convection,
decrease in temperature ranges from 1.2 ◦C/dm to 2.6 ◦C/dm (see Table 11).

Table 11. Cooling in the exhaust gas for the part of the pipe adjacent to the DOC (first 50 cm).

Engine Mode 1000 rpm–10 Nm 2400 rpm–110 Nm

Convection Natural Forced (v∞ = 20 km/h) Natural Forced (v∞ = 120 km/h)
ΔT/L (◦C/dm) −0.9 −1.2 −1.2 −2.6

4. Discussion

4.1. Accuracy of the Model

As can be seen, maximum error in chemical conversion was 11.58% and 11.81% for the CO model
and the C3H6 model, respectively. Notice also that at relative low temperature modes with very low
conversion rates, the model shows a 0% conversion. This is due to exclusion of near-to-zero points
while developing the kinetic model, in order to better predict the whole operating range. Similarly,
the CO kinetic model tends to show near total conversion for all high conversion modes, since these
points were excluded when developing it for the same reason as above.

As can be seen, the maximum error at calibrating points was 4% in outlet temperature and 4.4%
in heat losses. Out of training conditions, the maximum error in outlet was 5.9% in outlet temperature
and 5.4% in heat losses.

It is difficult to find published kinetic parameters that fit the performance of a particular DOC,
due mainly to the different washcoat materials and loadings of the monoliths and also to ageing effects
of the DOC. A method to develop tailored kinetic parameters in the area of interest using numerical
simulations was presented. The results show that although error in chemical conversion predictions
reaches almost 12%, the error in the overall performance of the thermal model is lower. This is due to
the low concentration of reactant species in the exhaust gas (see Table 4): small errors in conversion
do not involve big changes in total generated enthalpy of chemical reactions in the DOC. It can be
concluded that the model shows good agreement with empirical data.

Regarding pressure drop, the linear correlation fits the data appropriately but for high velocities,
the deviation can be larger (as seen in Figure 9).

Complex numerical schemes and boundary layer refinement were proven not necessary to
obtain reliable results. Standard wall-functions showed good results in comparison with other, more
demanding approaches.

4.2. Energy Recovery Considerations for Exhaust Systems

DOC outlet flow analysis showed that modules in thermoelectric generator devices placed after
catalytic converters may have different performances not only because of the internal design of the
devices but also because of the nature of the exhaust flow. It was found that the smaller the flow,
the more uneven the flow temperature distribution is.

This can affect recovery devices being placed in the exhaust system. For instance, modules in
a thermoelectric generator expected to have the same behaviour (for instance, upper and lower part
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thermoelectric modules in a flat-shaped, symmetrical design) may show a different performance due
to exhaust flow structures.

Awareness of this effect be used to allow for electrical connections between modules depending
on differences in voltage output from modules caused by variations in temperature. Even various
types of modules can be selected in each zone to optimize the power output result for the different
ranges of temperature.

Loss in gas temperature with distance from DOC outlet was quantified. This will help to assess
the trade-off between placing the recovery device near after-treatment systems (higher temperatures)
or not (easiness in installation). Notice that temperature falls fast in a relatively short distance, reducing
the amount of achievable harvested power.

5. Conclusions

Experimental exhaust data obtained for most common light-duty diesel engines was used to
construct a 3D model. A complete methodology to build 3D CFD exhaust models is presented,
including how to estimate main parameters needed and numerical approaches. A 2D axi-symmetrical
complementary model was shown to be useful to overcome the necessity of chemical parameters fitted
to a specific model of catalytic converter.

A computational model incorporating these findings will lead to accurate and faster numerical
calculations of analysis of recoverable energy in exhaust systems. This will allow more designs to be
explored in a given time.

It has been pointed out that the particular nature of the exhaust flow leaving catalytic converters
has to be taken into account for energy-harvesting calculations, since the end of after-treatment systems
is the indicated position to place energy recovery devices.

Furthermore, temperature losses caused by placing the recovery device distant from the DOC
were evaluated. This information can be used in the evaluation process of the position of a recovery
device in an automotive exhaust system. Since temperature falls promptly, it is advised to place the
device as close as possible.

In works regarding simulations of recovery devices, if not enough experimental information
is available, it is encouraged to include upstream elements of the exhaust that could alter the flow
significantly in order to better predict their performance when installed in vehicles.
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Nomenclature

A Pre-exponential factor (m3/(mol·s))
B Pressure drop linear fit constant (m2)
C Reaction rate linear fit constant
D Reaction rate linear fit constant (K)
cp Specific heat at constant pressure (J/(kgK))
d Diameter (m)
F External body forces (N)
g Gravitational acceleration (m/s2)
G Inhibition factor (K)
h Convection heat transfer coefficient (W/m2K)
J Diffusion term (kg/m2s)
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k Arrhenius kinetic constant (m3/(mol·s))
K Thermal conductivity (W/mK)
L Length (m)
.

m Mass flow (kg/s)
p Pressure (Pa)
.

Q Heat loss (W)
R Reaction rate (mol/m3s)
S Source term
T Temperature (◦C, K)
u Vector component of velocity (m/s)
x Cartesian coordinate (m)
X Horizontal axis variable
Y Vertical axis variable
Greek
Δ Variation
β Inertial forces coefficient (m)
ε Surface material emissivity
κ Darcy’s constant (m2)
μ Dynamic viscosity
ρ Density (kg/m3)
σ Stefan-Boltzmann constant (W/(m2K4))
Subscripts
∞ Ambient
e f f Effective
g Exhaust gas
i Cartesian coordinate
in Inlet
out Outlet
m Species
S Solid
T Thermal
wall Pipe wall
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Abstract: This study examines the implementation of a waste heat recovery system on an electric
hybrid vehicle. The selected waste heat recovery method operates on organic Rankine cycle
principles to target the overall fuel consumption improvement of the internal combustion engine
element of a hybrid powertrain. This study examines the operational principle of hybrid electric
vehicles, in which the internal combustion engines operates with an electric powertrain layout
(electric motors/generators and batteries) as an integral part of the powertrain architecture. A critical
evaluation of the performance of the integrated powertrain is presented in this paper whereby vehicle
performance is presented through three different driving cycle tests, offering a clear assessment of
how this advanced powertrain configuration would benefit under several different, but relevant,
driving scenarios. The driving cycles tested highlighted areas where the driver could exploit the full
potential of the hybrid powertrain operational modes in order to further reduce fuel consumption.

Keywords: internal combustion engine; organic Rankine cycle; hybrid electric vehicle; waste heat
recovery; brake specific fuel consumption; New European Driving Cycle

1. Introduction

The current trend of the automotive industry focuses not only on maximizing the vehicle’s
performance, but also in minimizing the emissions and fuel consumption of the vehicle [1,2].
Several technologies have been developed since the 1990s, when worldwide emissions standards
started to impose boundaries on the levels of acceptable emissions of vehicles, which resulted in
ever-reducing levels of emissions, as well as fuel consumption [3,4]. These technologies include
the adoption of forced induction with the use of a supercharger and/or a turbocharger, usage of
electric energy through high-capacity batteries, and combinations of both [5–7]. This study aims to
examine vehicle technology that uses the combination of the above technologies, which are known as
electric hybrid vehicles, and they use an internal combustion engine (ICE) combined with an electric
powertrain as part of the propulsion architecture of the vehicle. As a significant amount of fuel energy
used to move any vehicle equipped with an ICE is lost as heat, several systems are developed to
exploit the energy of this wasted heat in order to offer it back to the engine or vehicle in the form
of increased power or as an additional source of electrical energy [8–10]. The organic Rankine cycle
(ORC), which is examined in this work, uses the exhaust gases of the engine to heat an organic fluid
and pass it through a series of devices in order to produce mechanical or electrical power, which can be
employed to enhance various aspects of engine or vehicle performance. The final stage of the current
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study includes the evaluation of the developed hybrid model through three driving cycles: the New
European Driving Cycle (NEDC) and two EPA federal tests (FTP-75, US06) used in USA.

The motivation for this particular project arises from the fact that limited research has been
conducted for the use of ORC waste heat recovery in combination with gasoline engine-equipped
light hybrid electric vehicles. The ORC system is a new technology that is not yet implemented in
lightweight vehicles, not only because the cost is fairly high, but also because there is lack of evidence
proving that this subsystem could operate efficiently with smaller capacity engines [11–14]. This study
intends to assess the merits of implementing an ORC waste heat recovery system as part of a hybrid
vehicle’s powertrain, in particular its fuel consumption reduction potential. For this purpose the
implementation of the ORC system is tested through two widely-used current drive cycles to further
the utility of this assessment, thus increasing its value.

2. Operational Modes of Hybrid Vehicles

When a vehicle is moving on the road surface three driving modes can be defined: traction mode,
braking mode, and coasting mode. In traction mode the vehicle is accelerating and its force overcomes
inertia, while in braking mode the vehicle is decelerating and the brakes dissipate the kinetic energy.
The coasting mode refers to the phase where the vehicle is free-rolling without propulsive power from
the engine or braking force from the brakes being supplied. Similarly, for hybrid electric vehicles the
same operational modes apply, but are more complicated, as the electric motor extends the range
of the available driving modes. Moreover, there is a distinction between the operational modes of
a series hybrid vehicle and a parallel hybrid vehicle, as their power delivery operating principles differ.
These operational modes include the engine drive, electric drive, hybrid, power split and braking
mode, which engage different powertrain parts in each type of hybrid electric vehicle. Parallel hybrid
electric vehicles use the engine drive mode as a propulsive mode when the electric motor is switched
off. The electric drive mode, on the other hand, uses only the electric motor to provide vehicle motion
while the engine is disengaged. In hybrid mode, the vehicle is driven by both the ICE and the electric
motor, while in the power split mode the engine is not only providing motion, but also charging the
battery pack [15–19]. Finally, the braking mode includes the regenerative brake, the energy of which is
stored in the battery for further use. In a series hybrid electric vehicle these modes retain the same
operating principles, while the differences are based on the components that are used in each mode.
The engine is disengaged from the drivetrain and is only connected to a generator in a series hybrid
electric vehicle and the battery alone, transfers power to the traction motors [20,21].

3. Waste Heat Recovery

A large proportion of fuel energy in an internal combustion engine is lost as exhaust gas heat, a fact
that reduces the overall engine efficiency of conventional vehicles [22]. Typical state-of-the-art waste
heat recovery (WHR) technologies include mechanical or electric turbocompounding, bottoming cycles,
and thermoelectric generators [1,5]. A mechanical turbocompound system uses the exhaust gas energy
to spin a turbine, which can then be linked to the crankshaft, offering more output power and as much
as 5% better fuel economy. On the other hand, an electric turbocompound setup can exploit the exhaust
gas energy to gain electrical power that can be saved in a battery or used to support several electric
components of the vehicle, increasing the fuel economy up to 10%. Currently, approximately a 2%
reduction in fuel consumption can be offered by thermoelectric generators, which use the exhaust gas
heat to produce electricity directly via thermoelectric conversion means [2,17,20]. This study focuses
on the bottoming cycle type of waste heat recovery, which employs thermodynamic cycles to gain
energy out of the exhaust gas heat. These cycles operate with a working fluid and heat exchangers,
which absorb the heat of exhaust gases to change the fluid’s state, which is then channeled towards
a turbine for power generation. The most widely used thermodynamic cycles for this application are
Rankine and Brayton, but in this particular work only the Rankine cycle is taken into consideration as
the most widely-accepted and employed means of waste heat recovery [23,24]. A typical parameter
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that can predict the efficiency of a waste heat recovery system is the temperature of the exhaust gases,
and as this temperature is increased, the amount and quality of energy that can be exploited will
increase. Specifically, in the automotive industry the main types of vehicles that can benefit from
a waste heat recovery system are the heavy-duty vehicles. These vehicles not only consume fuel in
an excessive manner, but also produce great amounts of hazardous emissions, including NOx and CO2

gases. The implementation of a waste heat recovery system in such vehicles can offer energy recovery
benefits in various forms that can further increase the efficiency of the powertrain by approximately
10–15% and also reduce harmful emissions [4,9,14,25].

4. Organic Rankine Cycle (ORC)

The ORC system uses a series of devices in a closed loop in order to recover energy, which can
then be fed back to the engine or vehicle as required. It consists of a heat exchanger (the evaporator)
that the hot gases pass through and increase the temperature of the working fluid to the extent
that it changes states from liquid to superheated vapor. After the evaporator, the working fluid
expands isentropically providing work in an expansion device, which is connected to an electric
generator. Then the expanded vapor passes through a condenser to change its state back to liquid and
reaches the pump which increases its pressure and pushes the working fluid back to the evaporator to
repeat the process. Figure 1a represents a temperature-enthalpy (T-S) diagram of the Rankine cycle,
while Figure 1b illustrates a schematic view of a typical Rankine cycle with all major components.
Theoretically, the ORC systems can offer several benefits to the whole powertrain configuration; at best,
power output of the powertrain can be increased by a maximum of approximately 15% depending on
the application [26–28]. As a consequence of the increased efficiency of the engine, the fuel consumption
can be decreased, making the ORC systems desirable for various applications [1,9,29].

 
 

(a) (b)

Figure 1. Working principle of typical Rankine cycle: (a) temperature-enthalpy diagram; and (b)
schematic of Rankine cycle components.

Furthermore, a significant advantage of the ORC systems is that they do not depend on the
pressure of the exhaust gases, as the only thing that affects the efficiency of the system are the exhaust
gas temperature and mass flow rate. Comparing a conventional steam Rankine cycle to an ORC,
the main difference arises from the fact that ORCs use an organic fluid (instead of water) and do not
need a superheater in order for the fluid to reach the desired temperature for evaporating in order to
spin the turbine [15,16,18].
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5. Engine Model Calibration

In order to validate the engine model, a MATLAB (2015b, MathWorks, Natick, MA, USA, 2015)
code was employed to produce a Brake Specific Fuel Consumption (BSFC) map which was identical to
a chosen theoretical one. This theoretical BSFC map corresponded to the selected engine profile of
a Ford 2000cc Zetec-SE DOHC engine (Ford Motors Company, London, UK), which is a four-cylinder
engine with a 16-valve design and has a maximum Brake Mean Effective Pressure (BMEP) value of
approximately 10 bar and a maximum engine speed at 5000 rpm. The BSFC map is shown in the
figures below.

Following the selection of the theoretical engine configuration and BSFC map, the MATLAB
code needed to be tested to determine the level of its accuracy. To accomplish this, the map was
discretized at 29 different points that represent respective engine speed values and BMEP values.
Particularly, the BSFC map was divided into five columns representing engine speeds from 1000 to
5000 rpm, and six rows representing BMEP values from 2 bar until reaching the maximum curve.
This discretization is shown in Figure 2a with red dots.

(a) (b) 

Figure 2. BSFC map of Ford 2.0 L Zetec-SE DOHC engine: (a) predicted and discretized BSFC map of
29 points; and (b) the BSFC map given from optimized MATLAB code.

All of these 29 points correspond to different BSFC values, which were estimated visually and
gathered into a table that was later used as an input in the MATLAB code. The MATLAB code can
produce different performance maps, depending on the input values given from the user and for this
current simulation the BSFC values were used, along with the engine speed (x-axis) and BMEP values
(y-axis). After the optimization a new BSFC map was obtained as shown in Figure 2b, pointing out to
the satisfactory accuracy of the code. For validation of the code results the Ford engine was modelled
in GT-Power and the results correlated against the MATLAB code data. The GT-Power models of both
the engine and the dynamic HEV sub-models are shown in Figure 3a,b, respectively.

The complete model included a throttle controller that was adjusted accordingly in the simulations,
while the values of the inlet and exhaust ports were estimated after benchmarking and suggestions
of the software. The table that included these BSFC values was given as an input to the MATLAB
code and the BSFC that was generated matched the BSFC values of the theoretical model accurately.
The next step after validating that the engine model can produce accurate values was to modify the
model so that the new engine displacement was implemented. When the changes were implemented,
the simulations were run for thirty discrete engine/load cases. It is important to point out that this
work did not aim to evaluate the effect of a dynamic ORC bottoming cycle on the overall driving
cycle of the vehicle, but to provide a discrete-point assessment of a conventional ORC layout for
implementation in a hybrid vehicle.
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(a) 

 

(b) 

Figure 3. Ford 2.0 L Zetec-SE DOHC Engine modeled in GT-Power software (7.3b2, Gamma Technologies
LLC, Westmont, IL, USA, 2015): (a) integrated conventional engine’s components; (b) dynamic Hybrid
Electric Vehicle (HEV) subsystem integrated with the base engine components.

6. Organic Rankine Cycle Fluid Selection and System Optimization

The selection of the appropriate organic fluid for each respective application is a demanding
challenge for engineers since the performance and efficiency of the organic Rankine cycle system is
seriously affected by the working fluid. However, the properties of the fluid are not the only criteria
for selection, as the cost and the environmental impact of each fluid may limit the list of available
fluids. As far as the cost is concerned, the engineer should decide which fluid would decrease the
payback period and offer the maximum output and thermal efficiency at the same time. The properties
of the organic fluids can be divided into four categories, each one of them being equally important
for the efficient and safe operation of the ORC system. Thermodynamic properties of the organic
fluids vary in several aspects, as do the density, viscosity, boiling point temperature, pressure, and the
latent heat of vaporization. Each one of these parameters affect not only the thermal efficiency of the
system, but also the design and construction of the respective internal combustion engine configuration.
Critical and maximum operating conditions constitute the process-related properties and are linked
with the efficiency of the organic Rankine cycle system. As far as the safety and environmental aspects
are concerned, the toxicity and flammability of the fluid concerns engineers, while the global warming
potential and ozone depletion danger are the major dangers for the environment. The working fluids
should compromise among several criteria specified below [10,11,20,21,25,30–34]:

• Low condensation temperature
• Very low freezing point
• No need to superheat (dry fluid)
• Eco-friendly (low global warming potential and ozone depletion potential)
• Low flammability and toxicity

Considering all of aforementioned requirements, R245fa was selected as the working fluid in this
study entirely considering prior experience and potential for widespread use. This organic fluid has no
ozone impact (ODP), low global warming impact (GWP), it is non-flammable, and its thermodynamic
properties fulfill the above criteria. After the selection of the working fluid, the final model was created.
In GT-Power software some assumptions were considered and are shown below [2,12,13,18,22]:

• The evaporator exhaust gas initial pressure and temperature are equal with the exhaust gas outlet
pressure and temperature, respectively.

• The condenser coolant initial pressure and temperature are equal with the coolant outlet pressure
and temperature, respectively.

• No heat is lost to the surroundings.
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The input values for the ORC model, such as exhaust temperature and exhaust mass flow rate,
were obtained from a table regarding thirty different cases from 2000 cc engines at several engine speeds
and BMEP ranges. Figure 4a illustrates the schematic view of the ORC system modeled in GT-Power.
Data obtained included parameters such as the evaporator energy, turbine power, pump efficiency,
turbine efficiency, and the pressure rise in the pump. The design parameters of the ORC system used
in the simulation are presented in Table 1.

 
(a) (b) 

Figure 4. Schematic view of the engine system model in GT-Power: (a) organic Rankine cycle system
sub-model; and (b) complete model used for driving cycle testing.

Table 1. Organic Rankine cycle component design parameters using R245fa refrigerant.

Design Parameters

ORC’s Main Components

Evaporator
(Slave)

Evaporator
(Master)

Condenser
(Slave)

Condenser
(Master)

Turbine
Expander

Pump

Average Inlet Pressure (bar) 1.00102 24.9 2.15 3.28 24.3 2.6
Average Outlet Pressure (bar) 1 24.3 2 2.6 3.28 24.9
Average Pressure Drop (bar) 0.0010197 0.631 0.148264 0.674932 - -
Average Inlet Temperature (K) 973.1 315.8 296.1 405.1 445.2 314.1
Average Outlet Temperature (K) 450.7 445.2 302.6 314.1 405.263 315.8
Average Mass Flow Rate (g/s) 140 269.2 3394.6 269.3 0.269 0.269
Combined Energy Rate out of Fluid (kW) 78.7 −78.7 −73.2 73.2 - -
Average Speed (rpm) - - - - 1350 2000
Average Map Pressure Ratio - - - - 7.37 -
Average Efficiency (%) - - - - 51.61 61.42
Average Power (kW) - - - - 5.3 0.75
Average Pressure Rise (bar) - - - - - 22.3
Heat Exchanger Volume (L) 11.75 3.33 6.5 5.65 - -
Heat Exchanger Reference Length (m) 0.007 0.007 0.003 0.003 - -
Heat Exchanger Heat Transfer Area (m2) 1.87 1.87 9.33 9.33 - -
Heat Exchanger Flow Area (m2) 0.0138 0.0038 0.02 0.02 - -

7. Driving Cycles Testing

The complete development and simulation of the ORC system model provided useful data
regarding the efficiency and fuel consumption of the new, improved powertrain. This fact enables
a comparison to be made between the initial engine setup and the new, improved one. The best way to
compare these two powertrains is to assign them to a conventional lightweight vehicle and test them
for various driving cycles. In this way the percentage difference between these two powertrains can be
obtained, showing how much difference the ORC system produced. The fuel consumption benefit was
the main target of this assessment, but emissions were also computed, and the major concern of this
study remains the minimization of the fuel consumption of a lightweight passenger vehicle with the
use of an ORC WHR recovery system.
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With the use of three typical driving cycles, the fuel consumption of the initial powertrain and the
powertrain with the ORC system was measured to define the extent that the ORC system benefits the
vehicle. The driving cycles include:

• NEDC (New European Driving Cycle, EU)
• FTP-75 (Federal Test Procedure, US)
• US06 (a more realistic, aggressive supplement to FTP-75)

All of these driving cycles represent different driving scenarios, different durations, and average
speeds. In this way, the comparison between the two powertrains (the original standalone hybrid and
the hybrid powertrain equipped with the ORC WHR system) is fair and also shows where space for
improvement exists if the ORC system is to be implemented in a HEV vehicle. When the developed
ORC system is assigned to a HEV vehicle, different hybrid driving modes can be selected for further
improved fuel economy in each driving cycle, regardless of the configuration of the HEV vehicle (series,
parallel, or complex). These tests were run in GT-Power, where a virtual vehicle was modeled with
an average weight of 1500 kg and several parameters set to simulate the driving scenarios. The library
of the software includes all of the selected driving cycles, which ensures the precision and consistency
of the results. The complete model for this test includes several parameters that were calibrated to
achieve a model that fulfilled the requirements of the simulation, which is shown in Figure 4b.

8. Results and Discussion

In this section the results from the ORC simulations are presented, analyzing how efficiently the
integrated system operated and where room for improvement could be identified. Lastly, the exact
figures of the vehicle’s fuel consumption are shown, respectively, for each of the three different
driving cycles and constitute the deciding factor for the selection of the optimum hybrid profile for
the integrated powertrain. Several aspects that control the efficiency of the ORC system and how
this system is combined with the IC engine to provide more power to the wheels are analyzed in
this section. It is worth stating at this stage that the global assumptions considered for the ORC
configuration of the HEV powertrain, namely, that even though the backpressure caused by the ORC’s
evaporator placed in the exhaust pipe, and also all of the extra weight imposed by ORC components
to the vehicle system, deteriorate the overall performance and the fuel consumption of the vehicle
to some extent. In this early evaluation study of ORC WHR systems for HEVs, it has been assumed
that the effects of these are negligible, but should be borne in mind by the reader when considering
the results.

The main target set for the results of the ORC analysis is that the maximum efficiency of the
turbine and the pump does not have a percentage difference of higher than 15%. Moreover, the power
output of the turbine is critical, as it is added to the power output of the IC engine to provide the total
power of the powertrain, so it is required to be as high as possible. Another parameter that is tested in
this analysis is the pressure rise in the pump which indicates the degree to which the pump ensures
the successful provision of the required pressure level throughout the entire cycle. Finally, this section
concludes with the presentation of the new BSFC map of the upgraded powertrain (with ORC).
The distribution of the turbine and pump efficiency is illustrated in Figure 5a,b, respectively, over the
tested engine load and speed range. In the figures it can be observed how the efficiencies of these
two components fluctuate with engine speed and the BMEP, as well as how the contours of constant
efficiency are formed inside the plot. The maximum value of turbine efficiency is 61% and it is obtained
at part-load, while the maximum efficiency of the pump is 72% at higher BMEP values and engine
speeds. Great effort was expended to reach the highest efficiencies of these two components and
resulted in an efficiency improvement of almost 10% from the initial model.
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Figure 5. Schematic view of the engine system model in GT-Power code: (a) turbine efficiency
distribution; (b) pump efficiency distribution; (c) turbine power distribution; (d) EVAPORATOR energy
rate; (e) Pump pressure rise; (f) BSFC percentage reduction distribution; (g) ORC efficiency distribution;
and (h) fuel consumption per driving cycle.

Figure 5c represents the allocation of the turbine power output over the tested range of engine
loads and speeds. It can be observed that the maximum power is obtained at full load and high engine
speeds because the exhaust gases have greater temperature and mass flow at these speeds. The plot
shows that the maximum power output that the turbine produces is almost 5 kW at high engine speed
and load. At part-load (around the median of 6 bar) and lower engine speeds the turbine can produce
typical values of around 2.5 kW. These values may seem small at first sight, but they proved to be high
enough to cause a decrease in BSFC of almost 7% under the same operating conditions.
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Figure 5d,e provides information about the evaporator energy rate and the pump pressure rise,
respectively. Figure 5f illustrates the BSFC reduction contour plot superimposed on the engine map.
It can be interpreted from the plot that the BSFC percentage reduction differs for different engine loads
and speeds with the maximum values of the reduction being obtained at the lower BMEP values,
reaching a maximum 12% decrease. In addition, as the BMEP values increase at the mid-load range
(6 bar), the average percentage reduction is approximately 7%, which is higher than the set target.
This region is the one of highest interest as the vehicle spends most of the driving time in this region,
so the 7% decrease in fuel consumption can highly benefit the hybrid vehicle. At higher engine loads
and BMEP values of 9 bar, the BSFC reduction percentage is lower, but always above 5%.

One final parameter that can be examined regarding the ORC system is the overall efficiency of
the system that produced the above reduction in BSFC. The efficiency of the ORC system is defined as
the fraction of the turbine power output over the evaporator energy rate, showing how efficiently the
available energy is used inside the ORC WHR system. However, as for this investigation a four-cylinder
2000 cc engine was selected, the available energy rate is limited and the constraints inside the system
are greater when compared to a larger (commercial-type) diesel engine (which can exploit the full
potential of the system and reach higher efficiencies). In order to mitigate this drawback, the ORC
system has been modified to give the higher possible efficiency.

Figure 5g shows the distribution of the ORC efficiency superimposed on the engine map. It can
be seen that, overall, the ORC efficiency fluctuates at different engine speeds and loads, as well as
the efficiency values are not very high. At lower engine speeds and BMEP values the ORC efficiency
reaches a maximum of 27%, which is expected because the energy rate is fairly low, while at least the
simulated turbine power has already reached near-maximum efficiencies even from lower loads and
speeds. As the engine speeds and loads rise, the evaporator energy rate increases, resulting in the
decrease of the efficiency because the turbine power is not increasing accordingly due to restrictions in
the ORC system design and in the exhaust mass flow rate and temperature. The ORC efficiency reaches
an average value of 10.5% at the engine speed of 3000 rpm and BMEP of 6.5 bar, which is an important
region of the powertrain operating points. A further increase in engine speed and BMEP values show
an efficiency of 9%, which is the minimum percentage obtained in this study and for the entire engine
operating range. In general, the efficiency of the ORC is significant, but it is not reaching its full
potential due to several inherent limitation of the smaller capacity powertrain. However, with this
efficiency distribution, the ORC system is able to produce an average decrease in BSFC values of 7%,
which is significant compared to a conventional HEV configuration.

Hereinafter, the overall results of the project are further interpreted in order to obtain a clear ORC
WHR system characterization of its performance and benefit that it brings to the conventional HEV
architecture. In addition, the discussion indicates how the different hybrid modes of the vehicle should
be chosen in order to further decrease the fuel consumption of the vehicle; specifically, the discussion
identifies which hybrid mode should be chosen in the different driving scenarios, such that the vehicle
can operate more efficiently, while consuming the minimum amount of fuel.

During the various driving cycle tests that were performed in the engine simulation software,
the vehicle model was run with and without the ORC configuration, so that the absolute difference
between these two setups could be distinguished. Moreover, the three different driving cycle tests
can validate the efficiency of the whole powertrain in different driving conditions, providing useful
information about the hybrid mode which emerges in each case. Finally, these tests revealed possible
areas where the ORC system could be further optimized for greater HEV vehicle benefit.

For the FTP-75 driving cycle test the obtained data from the analysis showed that the fuel
consumption of the vehicle without the ORC system was 9.74 L/100 km. When the ORC system was
included in the powertrain, the new fuel consumption was calculated to be 8.76 L/100 km, which is
almost 1 L less per 100 km.
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On the other hand, on the NEDC, the results showed that the fuel consumption without the ORC
system was 8.79 L/100 km, while when the ORC system was included in the analysis the new fuel
consumption was 8.07 L/100 km. The difference between these two values is almost 0.8 L/100 km.

The final driving cycle test was the US06, giving a fuel consumption of 10.57 L/100 km without
the ORC system. When the ORC system was added in the analysis, the improved fuel consumption
was decreased to 9.84 L/100 km, which is almost 0.7 L/100 km less. This driving cycle is more
aggressive than the previous two, which is why the powertrain reached higher fuel consumption
values in comparative terms to NEDC and FTP-75.

Moreover, the results from the driving cycle analysis can assist the understanding of how the ORC
system cooperates with the engine under different loads, accelerations, and decelerations. The three
selected driving cycles constitute a representative example of driving regulations in use today and
which were required to validate HEV performance with the novel component (ORC WHR system).

In Figure 5h the bar charts illustrate the differences in fuel consumption between the original
HEV engine and the ORC-equipped equivalent in order to minimize fuel consumption. Furthermore,
the percentage difference is calculated, so that the absolute difference of the improved powertrain
can be differentiated. This bar chart includes information for all three of the driving cycle tests and
presents the exact amount of burned fuel per 100 km of driving. It can be noticed that in all of the
driving cycle scenarios, the fuel consumption was decreased after the implementation of the ORC
system. The largest reduction was found to be in the FTP-75 driving cycle and the calculation of the
absolute percentage difference showed a 10% lower fuel requirement for 100 km. The NEDC required
the least amount of fuel, as it is not as aggressive as the other two cycles. Moreover, in this driving
cycle the ORC system improved the fuel consumption by 8%, which is a significant reduction if the
strict European regulations are taken into consideration. Finally, the US06 driving cycle required the
most fuel overall, but the ORC system managed to lower the fuel consumption of the vehicle by 7%,
which resulted in a drop of fuel consumption below 10 L/100 km.

A closer look into the three driving cycles was required to reveal the driving strategy needed in
order to maximize the powertrain performance in the electric hybrid vehicle. Taking into account the
three major hybrid operation modes, which are the traction mode, braking mode, and coasting mode,
the driver can be guided in how to handle the accelerator pedal, the braking pedal, and the clutch
pedal to maximize the efficiency of the overall vehicle.

As far as the NEDC is concerned, it can be identified that it consists of numerous accelerations
and decelerations, and the average cruising speed is 60 km/h. This driving cycle profile can exploit
the braking and coasting operation modes of the hybrid configuration to gain advantages regarding
the fuel consumption of the vehicle. During the decelerations the brake should be lightly applied and
this will lead to the battery being charged by dissipating the braking energy and, hence, more power
can be delivered to the wheels during the acceleration zones. Moreover, the driver can use the coasting
mode, while no brakes or throttle are applied, before reaching the deceleration zones and prevent,
in that way, the engine from burning fuel in a non-beneficial manner.

The FTP-75 driving cycle has a complicated profile of accelerations and decelerations, which makes
it difficult for the driver to adopt the optimum driving strategy. However, as there are multiple
fluctuations in the speed profile of this cycle, the driver can exploit the braking mode to charge the
battery of the hybrid setup. This gained power can be used during steep acceleration gradients to
assist the work of the IC engine, leading to less fuel being burned during the numerous accelerations.
As long as there are no flat speed regions in this driving cycle, the coasting mode can hardly be applied
and cannot influence a further reduction of the fuel consumption.

Finally, the US06 driving cycle results exhibit lower fluctuations in the speed profile compared
to the FTP-75, which means that the coasting mode can be applied, offering significant benefits in
fuel consumption reduction. This driving cycle pushes the vehicle to reach high speeds of more than
120 km/h, which undoubtedly increases the consumption of fuel of the vehicle. In order to counteract
this, judicious use of the accelerator pedal would be recommended, along with use of the power of
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the electric motor to assist with significant accelerations. On the other hand, the braking mode can be
used to gather the essential electric power in the battery and the coasting mode can be used when the
car needs to decrease its speed without the strict application of the brakes.

9. Conclusions

A simulation study has been conducted to prove that a waste heat recovery method can be
employed in a hybrid electric vehicle and offer significant benefits regarding the overall performance
of the vehicle, primarily in terms of fuel consumption reduction. An organic Rankine cycle-based waste
heat recovery system was chosen as the method by which to extract further work from the conventional
elements of this hybrid powertrain. After utilizing this system in the powertrain, the results showed the
overall fuel consumption of the vehicle was decreased significantly. In the simulation the engine was
run for three different driving cycle tests, including FTP-75, NEDC, and US06, in order to validate the
real improved performance of the developed powertrain in different driving conditions, and ultimately
led to an efficient driving strategy for the driver of the electric hybrid vehicle that could lower fuel
consumption even further.
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29. Kolasiński, P.; Błasiak, P.L.; Jozef, R. Experimental and numerical analyses on the rotary vane expander
operating conditions in a micro organic Rankine cycle system. Energies 2016, 9, 606. [CrossRef]

30. Reck, M.; Randolf, D. An organic Rankine cycle engine for a 25-passenger bus. SAE Tech. Pap. 1973.
[CrossRef]

31. Thaddaeus, J.; Pesiridis, A.; Karvountzis-Kontakiotis, A. Design of variable geometry waste heat recovery
turbine for high efficiency internal combustion engine. Int. J. Sci. Eng. Res. 2016, 7, 1001–1017.

32. Karvountzis-Kontakiotis, A.; Pesiridis, A.; Zhao, H.; Franchetti, B.; Pesmazoglou, I.; Alshammari, F.; Tocci, L.
Effect of an ORC waste heat recovery system on diesel engine fuel economy for off-highway vehicles.
In Proceedings of the SAE World Congress, Detroit, MI, USA, 4–6 April 2017.

33. Franchetti, B.; Pesiridis, A.; Pesmazoglou, I.; Sciubba, E.; Tocci, L. Thermodynamic and technical criteria for
the optimal selection of the working fluid in a mini-ORC. In Proceedings of the 29th International Conference
on Efficiency, Cost, Optimization, Simulation and Environmental Impact of Energy Systems (ECOS 2016),
Portorož, Slovenia, 19–23 June 2016.

34. Karvountzis-Kontakiotis, A.; Alshammari, F.; Pesiridis, A.; Franchetti, B.; Pesmazoglou, I.; Tocci, L. Variable
geometry turbine design for off-highway vehicle organic Rankine cycle waste heat recovery. In Proceedings
of the THIESEL 2016, Valencia, Spain, 13–16 September 2016.

© 2017 by the authors. Licensee MDPI, Basel, Switzerland. This article is an open access
article distributed under the terms and conditions of the Creative Commons Attribution
(CC BY) license (http://creativecommons.org/licenses/by/4.0/).

239





MDPI
St. Alban-Anlage 66

4052 Basel
Switzerland

Tel. +41 61 683 77 34
Fax +41 61 302 89 18

www.mdpi.com

MDPI Books Editorial Office
E-mail: books@mdpi.com
www.mdpi.com/books





MDPI 
St. Alban-Anlage 66 
4052 Basel 
Switzerland

Tel: +41 61 683 77 34 
Fax: +41 61 302 89 18

www.mdpi.com

ISBN 978-3-03936-635-4


	Blank Page



