[ applied m\py

L sciences

Article
Influence of Drivetrain Hybridization

on Transmission Lifetime

Christian Habermehl ¥, Georg Jacobs, Stephan Neumann and Kevin Weifienfels

Institute for Machine Elements and Systems Engineering, RWTH Aachen University,
Schinkelstrafie 10, 52062 Aachen, Germany; georg.jacobs@imse.rwth-aachen.de (G.].);
stephan.neumann@imse.rwth-aachen.de (S.N.); kevin.weissenfels@rwth-aachen.de (K.W.)
* Correspondence: christian.habermehl@imse.rwth-aachen.de; Tel.: +49-241-80-95606

Received: 21 September 2020; Accepted: 9 October 2020; Published: 12 October 2020

Abstract: Parallel hybrid drivetrains for passenger cars have additional electric drives compared to
conventional drivetrains. In the event of vehicle deceleration, the electric drives are operated as
generators, thus recovering kinetic energy through regeneration. If these drives are positioned
upstream of the transmission input, regeneration power must be transferred by the transmission.
This creates additional loads on the individual machine elements, which has a negative effect on the
transmission lifetime. This paper investigates the influence of hybridization in terms of regeneration
on the lifetime of bearings as highly critical elements in a dual clutch transmission. The vehicle
simulation model employed in this study consists of an internal combustion engine, an electric
motor, a mechanical drivetrain and the vehicle body, as well as a driver and a simple operating
strategy. In this model, a detailed transmission model including its controls is embedded to
determine its component loads. The resulting load spectra are used in a methodical approach to
calculate the bearing lifetime of the transmission. The results show that the additional regenerative
power flow reduces the bearing lifetime so that additional loads must be taken into account in the
development and operation of transmission systems.

Keywords: dual-clutch transmission; bearing lifetime; vehicle simulation; hybrid electric vehicle;
fatigue damage; regeneration

1. Introduction

Hybrid and battery electric vehicles are paving the way to the reduction of the greenhouse gas
and pollutant emissions in global individual transport. Purely battery electric vehicles (BEVs) still
have the disadvantages of high battery costs and low range [1]. As a transitional technology, hybrid
electric vehicles (HEVs) offer a compromise between low pollutant emissions from BEVs and the high
range of conventional vehicles [2]. In principle, they have the potential to be operated more efficiently
than purely combustion engine vehicles. In fact, HEVs dominate the European vehicle market, with
a market share of 3.7% compared to BEVs with 1% [3].

In HEVs, one or more electrical motors (EMs) can be arranged in the drivetrain and thus define
different drivetrain concepts. Parallel hybrid drivetrains form the group of concepts in which a
mechanical coupling of the internal combustion engine (ICE) with the wheels is possible and all
drives can simultaneously provide torque for propulsion [4]. Five basic parallel hybrid topologies
(P0-P4) are distinguished depending on the arrangement of the EM in the power path from the ICE
(internal combustion engine) to the wheels (Figure 1). By combining the EM arrangements of the
basic topologies, new drivetrain variants can be created, such as the exemplary POP2 hybrid in Figure
1. Dual-clutch transmissions are particularly well suited for HEVs, as they combine high efficiency
with a high level of driving comfort [5] and meet the additional functional requirements with few
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design modifications [6]. In the P2 arrangement, they find a particularly broad application in HEVs
[71.
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Figure 1. Arrangements of the EM (electric machine) in basic parallel hybrid topologies (P0-P4) and

exemplary arrangement through combination (POP2).

Among the development goals of the automotive industry, reliability is of central importance
alongside efficiency, emissions and costs [8]. Automotive products are multidisciplinary and subject
to increasing complexity with a high number of variants. The later correction of errors that occur
during early development phases is particularly cost-intensive [9]. For this reason, the reliability of
vehicle transmissions is continuously taken into account, from the early design phases to the
realization of the physical product [10]. In early product creation phases, lifetime calculation is often
used to assess reliability [11]. In the process, occurring loads for the investigated component are
compared with their bearable loads and converted into component damage or lifetime. Occurring
loads are, for instance, extracted from real driving tests, or are generated synthetically and condensed
to load spectra by means of a suitable classification method. Xue et al. [12] present a method to extract
real load data for the durability design of transmissions considering numerous influences on the
loads, and apply it to a conventional vehicle, a BEV and an HEV. Approaches to generating of
synthetic load data can be found in [13] and [14]. Belingardi et al. [15] investigate the influence of
dynamic overloads on the lifetime of gears in the transmission of an electric vehicle. For this purpose,
the dynamic factor is determined analytically, using a rigid and a fully elastic simulation model of
the gear pairs. A lifetime calculation of a six-speed manual transmission in a conventional vehicle
drivetrain is performed by Kamper et al. in [16]. The development of a simulation model and a
method of calculating the damage in gears in a conventional drivetrain is described by Foulard et al.
in [17]. An approach to determining the remaining lifetime of transmission gears in real vehicle
operation is presented by Foulard et al. in [18] and applied to a manual transmission in a conventional
vehicle. Major influences on damage include the clutch actuation in gearshifts, the inclusion of the
lower drivetrain natural frequencies in the model and special events such as the loss of tire adhesion.
Negative torques from ICE coast operation are indicated as negligible [19]. A load-related operating
strategy for the vehicle is presented and discussed in detail in [20], regarding damage to gears. Haq
et al. [21] use a simulation model to predict the load spectra and damage in the gears of a vehicle
transmission.

The computational approaches mentioned so far are suitable for evaluating reliability in product
development. In addition, experimental methods are used to ensure the reliability of the
implemented physical product. For this purpose, load spectra in the form of test cycles are used in
running tests. In [22], Friedmann et al. present a method of carrying out customer-representative gear
testing with regard to service life in a time- and cost-optimized manner.

Transmissions in hybrid drivetrains can be subject to additional loads compared to their use in
conventional drivetrains, which must be taken into account in order to dimension the components
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and ensure reliable operation. In [23], Fugel et al. investigate the influence of a parallel and a power
split hybrid drivetrain on the transmission input torque and compare the results to a conventional
drivetrain. For this purpose, they use a simulation model and evaluate it for a given vehicle with
varying drivers and driving routes. In [24], Lavall summarizes the influences of hybridization on the
component loads in the transmission as a “hybrid effect.” To this end, Lavall mentions additional
torques in drive and coast operation during boosting and regeneration, additional functions such as
electric launch, changed vehicle parameters such as weight and changed component properties such
as housing geometry. It is pointed out that it is necessary to take coast operation into account in the
lifetime calculation, since regeneration can increase the load in negative power flow direction. An
application-oriented reduction of the transmission input torque to achieve a target gear lifetime is
presented in [25].

In the presented studies, the critical role of gears on transmission lifetime is well established.
Like gears, bearings are among the high-risk transmission components [26] and cause 15% of
transmission failures, making them the second most frequent cause of transmission failures after
gears [8]. A literature search revealed few studies on bearing lifetime in automotive transmissions
and especially hybrid applications. The aim of this paper is to investigate the influence of
hybridization in terms of regeneration on the lifetime of bearings as highly critical elements in a dual
clutch transmission. For this purpose, we use a detailed drivetrain model of a parallel HEV. In the
drivetrain topologies PO, P1 and P2, the EM is placed upstream of the transmission and has to
transmit additional power in the coast direction to achieve regeneration. The power transfer leads to
additional loads acting on the machine elements and to a distinct lifetime behavior.

The remaining part of the paper is structured as follows. Section 2 first introduces the use case
considered for this study. Afterwards, the underlying method used for calculating the lifetime and
the system simulation model are introduced and explained. Section 3 presents the results of the
simulation and lifetime calculations for a conventional and a hybrid drivetrain, as well as a sensitivity
analysis. Finally, Section 4 gives a brief summary, a conclusion and an outlook regarding necessary
and possible future work.

2. Materials and Methods

The investigations of this contribution are carried out by means of a simulation of an exemplary
system. For this purpose, the investigated vehicle and transmission are presented in Section 2.1. The
approach to determine component lifetimes that fail due to fatigue and the application to bearing
lifetimes is explained in Section 2.2. The calculation of the necessary load and motion quantities for
the determination of bearing lifetimes is carried out with the help of a 1D drivetrain model. This
model is presented in Section 2.3.

2.1. Use Case

In this paper, a front-wheel drive C-segment [27] hybrid vehicle in P2 configuration is
considered as a use case. It is driven by a diesel ICE and a PMSM (permanent magnet synchronous
motor) EM. The vehicle data are given in Table 1. The drivetrain structure is presented in more detail
in Section 2.3.

Table 1. Vehicle data.

Parameter Value
Vehicle class C-segment
Vehicle mass myep 1600 kg
ICE Power 125 kW
EM Power 83 kW

Power is transmitted via a six-speed dual-clutch transmission with an integrated differential.
The layout of the transmission the structure of the simulation model presented in Section 2.3 is shown
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in Figure 2. The EM is mounted on the input side of the clutch drum. The dual clutch connects the
clutch drum with one input shaft each. This ensures, with respective actuation from the transmission
control unit (TCU), that the power flow is not interrupted during gear shifts. The two input shafts are
arranged concentrically; input shaft 2 is designed as a hollow shaft for this purpose. The idlers of
gears 1-6 and the reverse gear are mounted on needle bearings on the intermediate shafts. They are
axially fixed by thrust washers. Input shaft 1 is mounted in locating bearing 6 and is supported by
radial bearings 4 and 6 and thrust bearing 3 on input shaft 2. Input shaft 2 is mounted in the housing
via nonlocating bearing 7. The intermediate shafts are supported in the housing by locating bearings
15 and 17 and nonlocating bearings 16 and 18, respectively. The differential is mounted in an adjusted
bearing arrangement in an X layout (bearings 1 and 2). The reversal shaft is supported by two floating
bearings and thrust washers. The transmission has a total of 20 bearings.

Intermediate shaft 1

Clutch 1 Clutch2 (18

DX <
To EM =
and ICE A
D

I

Clutch drum  Input shaft 2

el

@VA
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Figure 2. Transmission layout and structure of its torsional rigid-body model.

2.2. Lifetime Calculation

In this paper, the bearing lifetime of the transmission is calculated on the basis of damage due
to material fatigue. For this, the approach according to Figure 3 is applied. As shown in [28], the
approach can also be adapted to other machine elements that fail due to fatigue, such as gears or
shafts. By making suitable assumptions, wear-related failures such as those of friction clutches or
seals can also be calculated [29], but these are omitted in this paper for brevity. The approach for
considering component lifetime is based on existing standards and established procedures in the
automotive industry. The core aspect of the approach is the comparison of occurring and bearable
loads, which is necessary for the quantitative assessment of component lifetime [26].

Driving Vehicle \Component
model

cycles loads

Damage accumulation

Component \ Weibull Failure Super- System
lifetime ~ /distribution / distribution / position / lifetime
Component Bearable
— 5
parameters loads

Inputs Components System

Figure 3. Approach for determining the system lifetime [28].
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Here, a comparison is made computationally using a damage accumulation hypothesis. An
alternative to simulation is testing, but this is usually associated with a high expenditure of time and
money. Initially, driving cycles are defined to determine the bearing loads for the computational
analysis. The cycles represent the assumed use of the transmission consisting of various boundary
conditions such as driver, driving distance, special events and others. The influence of the vehicle is
represented by a simulation model. The simulation model considers the interaction of the subsystems
in a selected level of detail and outputs time-based records of the bearing loads (axial and radial
forces) and their frequency of occurrence in the form of the rotational speed. The speed and load of
the bearings depend on which gear is engaged, whether the vehicle accelerates or decelerates and
whether gearshifts occur. In the case of measurement of the occurring loads, the bearing loads are
typically calculated back from an easily measurable variable, such as the input torque of the
transmission [26]. Bearings can be subjected to a combined load from radial Fg(t) and axial forces
Fa(t). However, for the comparison of the occurring and bearable loads, a reduced quantity is
required, i.e.,, the dynamically equivalent force P(t). The calculation is carried out according to
Equation (1). X and Y are the dynamic radial and axial load factor, respectively. They can either be
obtained directly from the bearing manufacturer or calculated using analytical equations of ISO 281
[30].

P() =X Fr(t) + Y- Fo(V) 1)

The resulting time records P(t) per bearing are then simplified to load spectra with the aid of
the two-parametric time-at-level counting [31]. The occurring loads and speeds are divided into 64
classes according to the recommendation of [32].

The bearable loads of the bearings required for the accumulation of damage are determined
using ISO 281 [30]. The possible number of rotations L; of aload class i with a failure probability of
10% is obtained in 10¢ bearing revolutions, according to Equation (2).

Li = ajso - (gi)p 2)

The life modification factor a;so takes into account the type, quality and geometry of the
bearing, as well as the fatigue limit of the raceway material [30]. C is the dynamic load rating of the
bearing, and can be obtained from the bearing manufacturer. The exponent p is 3 for ball bearings
and ? for roller bearings. P, is the dynamically equivalent bearing load of a load class. Information
on the bearing data, taken from bearing manufacturer catalogues, can be found in Table Al.

In the damage accumulation, occurring and bearable loads are compared and summed to yield
damage D over all k load classes (Equation (3)). n; denotes the number of bearing revolutions
occurring for an individual load class in the cycle.

Sn
D= Z o 3)
i=1

Based on the cumulative damage D and the cycle duration Tcyce, the component lifetime By,
of a bearing is calculated (Equation (4)).

D
Bio =

(4)

Tcycle

The failure distribution of a single bearing F;(t) over time is described using the Weibull
distribution (Equation (5)). t, is the failure-free time and can take values between 0.1 - B;;, and 0.3 -
By for bearings [32]. In this paper t, = 0.2 - By, is used. b is a shape parameter and equals 1.1 for
ball bearings and 1.35 for roller bearings [32]. The characteristic lifetime T; of a single j is calculated
using Equation (6).

Fy(t) =1 ~i7%) (5)
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! b,/—log(0.9) 0

The system failure distribution or the failure distribution of all bearings as a group Fg(t) over
time is calculated by a superposition of the failure probabilities of the individual bearings. Here, it is
assumed that the group of bearings fails as soon as one bearing fails. The underlying Boolean

R =1-] [(1-FO) )

j

relationship is given in Equation (7).

The system lifetime or the lifetime of all bearings as a group with a failure probability of 10% is
the time t at which Fy reaches the value 0.1.

For further information on the approach described, we refer the reader to references [28] and
[29].

2.3. System Model

To determine the operating conditions of the bearings in terms of force and rotational speed, a
detailed forward oriented overall vehicle model is built in Matlab/Simulink using the Simscape
library. The high-level structure of the model is shown in Figure 4. The submodels are divided into
ICE, EM, mechanical drivetrain, vehicle, driver and hybrid control unit (HCU). On the input side, the
model receives a driving cycle-dependent time-based desired velocity vg4es. In the driver model, the
desired velocity is compared to the actual velocity v, and the deviation is converted into an
accelerator xy,, or brake pedal position x, by a PI-controller.

Vq ) Vact
Cycle = Driver [«=<

Xthr l l Xbrk
Tdes,1cE HeU Tqes mB
L Tdes,EM
EM
Mechanical Vehicle
Drivetrain
ICE

Figure 4. Modular structure of the system simulation model and exchanged quantities.

The pedal positions are converted into desired torques of the ICE Tyes cg, the EM Tyespm and
the mechanical brake (MB) Tjesmp by the HCU. In this paper, a simplified operating strategy is
considered, since the influence of regenerative braking on the bearing lifetime of the transmission is
investigated. The vehicle is driven purely by the ICE. The deceleration of the vehicle is implemented
by splitting the braking torque between ICE, EM and the MB. For this, a required deceleration torque
Taemprk is calculated from the brake pedal position. This deceleration torque is applied with priority
by the drag torque of the ICE. The desired ICE torque is calculated according to Equation (8) with the
current transmission gear ratio ig (see Table A2).

Tdem brk
Taes1ce = i (8)

If the maximum drag torque Tpaxicg Of the ICE is not sufficient for the deceleration of the
vehicle, the EM is used as a generator (Equation (9)).

Tdem,brk

Taesem = — Thaxice )

ig
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For stronger braking which cannot be achieved by the drag torque of the ICE and the generator
operation of the EM T,y gm 1ce, the mechanical brake is applied (Equation (10)).

Taes,MB = Tdem,brk — TmaxEM,ICE (10)

In the ICE model, the desired torque Tyeq cg is converted into an acting torque Tyerice by a first-
order delay with a time constant of t;cg = 0.203 s [33]. The maximum drive torque is limited in the
model by a full load characteristic curve. For coast operation, an analytically derived thrust
characteristic curve is used [26], which decreases in proportion to engine speed to -10% of the
nominal torque (Figure 5a).

In the EM model, the desired torque Tyesgm is converted into an acting torque T, gy by a first-
order delay with a time constant of tgy = 0.04 s [33]. The maximum deliverable motor and generator
torques are limited by power hyperbolas and constant torque curves (Figure 5b).

400 500
__ 300 _
é 200 ¢ 2
o Qo 0
S 100 ¢ 5
20 \ P
-100 ¢
-500
1000 2000 3000 4000 0 2000 4000 6000
Rotational speed [1/min] Rotational speed [1/min]
(@) (b)

Figure 5. (a) Full-load characteristic curve (blue) and thrust characteristic curve (red) of the ICE
model; (b) traction (blue) and generator (red) torque limits of the EM model.

In the vehicle model, the effective driving resistance force Fyr,g is calculated as a function of the
vehicle velocity Xy according to Equation (11). fqy and fy4; are driving resistance coefficients which
cause constant and velocity proportional driving resistances. fy, causes a resistance force which is
proportional to the square of the vehicle velocity. The values of the coefficients are listed in Table A3.

Farag = fdo + fa1 - %ven + faz - Xen (11)

The forces and torques described above act on a torsional vibration model of the mechanical
drivetrain (Figure 6). Individual inertias are represented as cylinders connected by spring-damper
combinations or clutches. External torques act through the ICE, EM, MB and driving resistance. For
the recommended [19] consideration of the lower natural frequencies of the drivetrain, the dual mass
flywheel (DMF), the side shafts and the tires were modeled elastically [34]. The wheel-to-ground
contact is modelled ideally (i.e., ideal rolling), since special events such as loss of tire grip will not be
investigated in this paper.

Tact,MB* Tire
2
T T Side
act,ICE . act,EM Wheels shafts
0
DC\ *Tdrag
Vehicle
ICE DMF Separating EM T
clutch MT X
2 Tire

Figure 6. Structure of the torsional vibration model used for the hybrid drivetrain. For the
conventional drivetrain the torque T, gm is omitted and the inertia at the transmission input is
added to the inertia of the clutch drum.
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Since the vehicle motion is calculated in the torsional vibration model and the driving resistances
are calculated in the translational degree of freedom, a transfer of the corresponding quantities is
carried out with Equations (12) and (13). Tyrag is the equivalent driving resistance torque for a
driving resistance force acting on the tire radius ry... The vehicle velocity is calculated from the
angular velocity of the equivalent inertia of the vehicle ¢y, in the torsional vibration model.

Tdrag = Fdrag T (12)

Xyeh = d’veh * Ttire (13)

The motion of the individual drivetrain inertias is described in the torsional degree of freedom
and is shown as an example for the vehicle inertia in Equation (14).

]Veh ' dsveh = Ctire(d)wheel,l + q)wheel,r - 2¢Veh) + dtire (d)wheel,l + d)wheel,r - 2d’veh) - Tdrag (14)

¢, ¢ and ¢ thus describe angular acceleration, angular velocity and angle of the corresponding
inertia, respectively. cy and dy. are stiffness and damping of the tires, respectively. The
equivalent inertia of the vehicle ], is calculated using Equation (15). The parameters of the
torsional vibration model are summarized in Table A4.

Jven = E *Myep - I'tzire (15)

A rigid body model of the transmission (Figure 2), including a transmission control unit (TCU),
is embedded in the drivetrain model. The overall purpose of the transmission model is to calculate
the motion and load condition of each bearing. The rotational speeds of the bearings directly result
from the torsional motion of the model, which is calculated for each individual shaft using Equation
(16). Jspag is an individual shaft inertia in and Pgpag its corresponding angular acceleration. T; are
the torques acting on the shaft and consider driving torques and torque losses [35].

Jshatt * (T)shaft =T (16)

The bearing loads result from the support of the tangential (F.), radial (F.) and axial (F,) gear
forces. To determine the bearing forces, static equilibria are evaluated for the individual transmission
shafts (Equations (17) and (18)) at each time step. However, in Equation (18) only the bending
moments are considered, since the torsional behavior is calculated in the rigid body model.

2iFi=0 (17)

2iM;=0 (18)

The forces are strongly dependent on the geometry of the shaft and gears, as well as the
arrangement of the gears on the shaft. Figure 7 shows an exemplary force diagram of intermediate
shaft 1 for the calculation of bearing forces Fy 5 and Fpy4. For illustration purposes, all forces are
rotated into the section plane, since the tooth meshes are not arranged identically around the
circumference for all gears. The locations (gear diameters d; and shaft section lengths 1) of the gear
forces are considered in the model. FD is a gear of the final drive.
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Figure 7. Force diagram of the first intermediate shaft. All forces are rotated into the section plane.

An acting tangential force F, is calculated using Equation (19). T; is the acting torque on a gear
wheel. It is read from the transmission model at each time step, taking into account the meshing
losses. The direction of the tangential force depends on the torque direction.

2 ‘ TG

Ft = dG (19)

The acting radial force F, is calculated using Equation (20). «,, is the normal pressure angle and
B the helix angle of the corresponding gear. The amplitude of the radial force is dependent on the
amplitude of the tangential force. Since the radial force is always oriented to the center of the gear,
the radial force of an idler corresponds to its needle bearing load.

tan(ay,)
cos(B)

The axial force F, is given by Equation (21). Its direction depends on the direction of the
tangential force, as well as on the helix direction of the gear.

F, = Fy - tan(B) (2D

l:r = IFtI '

(20)

In addition to the calculation of the motion and load of the individual bearings, the influences
of gear shifts, synchronizations and losses are taken into account. In gear shifts and synchronizations
of gears, additional synchronization torques act in addition to the driving resistances, which cause
higher gear forces and must ultimately be supported by the bearings. For this purpose, both input
clutches and the seven synchronizers were modeled, which are operated by an implemented TCU on
the basis of a shift map. This enables launching with the ICE and gear shifts without interrupting the
tractive force. These friction elements have identical models that distinguish between a slip and a
stick state. In the slip state, the torque capacity set by the TCU acts on the two neighboring inertias of
the friction element as a synchronizing torque. If both speeds are synchronized, the friction element
changes to the stick state and the torque transmitted by the friction element is limited by the set torque
capacity. For reasons of simplification, the set torque of the TCU is applied without delay to the
friction elements. To evaluate transmission losses, modules are implemented which take into account
load-dependent and -independent bearing and gear losses, drag losses of the wet input clutches and
seal losses. The loss calculation was validated in an earlier publication in large parts of the operating
range of the transmission so that the calculated power flows were plausibly represented. For further
information on the validation, transmission controls and loss calculation, we refer the reader to [35].
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3. Results

In this section, the results of the evaluation of the simulation model and the subsequent lifetime
calculation are presented. First, in Section 3.1, the load and the resulting bearing lifetime of the
conventional drivetrain are evaluated. The results of the hybrid drivetrain are compared to the
conventional drivetrain in Section 3.2. In Section 3.3, a sensitivity analysis is performed to determine
the influence of the maximum regeneration torque on the bearing lifetime.

For all investigations, the Worldwide Harmonized Light Vehicles Test Cycle (WLTC) [36] was
chosen as the representative cycle. Details of its properties are summarized in Table A5. The WLTC
was chosen because it has combined cycle components of low, medium, high and extra high vehicle
velocities. In addition, vehicle launches, gear shifts and decelerations occur. Special conditions such
as loss of tire adhesion or misuse do not occur in the WLTC, and are not considered in this paper.
With the choice of the WLTC, the driver’s influence on the calculated loads is also deliberately
omitted. In general, representative load cycles are subject to extensive boundary conditions. Load
spectra are experimentally measured or generated manufacturer-specifically, taking into account the
driver, environment and vehicle [14].

3.1. Conventional Drivetrain

The load spectrum at the transmission input resulting from the applied driving cycle is shown
in Figure 8. Here, the transmission input torque is shown versus the transmission input speed. The
color indicates the frequency of occurrence of the respective operating point. The torque at the
transmission input is to be considered here as a representation of the bearing load, since the gear
forces to be supported by the bearings are proportional to the torque. The range of positive torques
arises during drive operation. Negative torques occur during coast operation of the ICE. Negative
torques beyond the thrust characteristic curve of the ICE occur during downshifts in coasting. In this
case, an overtorque is applied by the clutches to synchronize the ICE to the transmission input speed.

300 High
3
200 2
£ o
Z. 100 3
g 2
S 0 5
2 9
- -1 C
g% S
-200 2
-300 0

500 1000 1500 2000 2500
Input speed [rpm]

Figure 8. Load spectrum of the transmission input torque for the conventional drivetrain in the WLTC.

The failure probabilities of the individual rolling bearings of the transmission and their
superposition over the travel distance are shown in double-logarithmic form in Figure 9. In [37], the
transmission Bjo-lifetime is given as 150,000-250,000 km, depending on the vehicle type. In [38] and
[12], the lifetime of 300,000 km for the vehicle and transmission is given respectively without
specifying the probability of failure. Therefore, the superposed lifetime of the bearings with about
195,000 km in the WLTC is considered plausible by the authors. The failure distribution is dominated
by bearings 16 and 18. They are used as locating bearings for the two intermediate shafts, and are
particularly frequently present in the power flow. In addition, as locating bearings, they are subjected
to the combined load of axial and radial bearing forces resulting from the gears. The high scattering
of bearing lifetimes of two orders of magnitude according to the authors” assessment can be attributed



Appl. Sci. 2020, 10, 7086 11 of 19

to the fact that different load assumptions than those caused in the WLTC and the vehicle under
consideration were used for the design of the transmission.

According to the calculation approach presented, the needle roller bearings used are fatigue-
resistant, since they only experience significant operating loads in the synchronized case, i.e., without
relative motion of the bearing raceways. Loads that occur during synchronization and due to bearing
friction do not contribute to damage in this case. In fact, wear in the form of indentations in the raceway
under high stationary loads is mentioned in the literature as a frequent cause of failure [38,39]. If a lifetime
model becomes available, the influence of the needle bearings can be included in the approach.

= Al bearings Single bearing |

100

10 froromomemoeomeoee g

0.1F

q
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'
'
'
'
'
'
'

Failure probability [%]

5] /le.7.4]

0.01 : '
10° 106 107
Driving distance [km]

Figure 9. Failure probabilities of the individual bearings and the bearings as a group for the
conventional drivetrain. The position numbers of the bearings are shown framed (see Figure 2). The
dotted line indicates the B,,-lifetime with 195,000 km.

3.2. Hybrid Drivetrain

The calculated load spectrum of the transmission input torque for the HEV is shown in Figure 10.
The positive torque range remains essentially unchanged, since propulsion is still performed by the ICE.
However, operating points with a high negative torque occur more frequently due to regeneration.

300 High
8

_ 200 2
E o
Z 100 3
E -
S 0 5
E 100 :
-200 2

-300 0

500 1000 1500 2000 2500
Input speed [rpm]

Figure 10. Load spectrum of the transmission input torque for the hybrid drivetrain without limitation
of the regeneration torque in the WLTC. Scaling of the color bar identical to Figure 8.

The resulting failure probabilities of the bearings for the HEV are shown in Figure 11. The load
spectrum of the hybrid drivetrain causes a shift in the bearing lifetimes towards lower driving
distances. In total, the superposed lifetime of all bearings is 123,000 km, which corresponds to a
reduction of 36.9% compared to the conventional drivetrain. In addition to the lower overall lifetime,
the curves scatter more strongly compared to the conventional drivetrain.
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Figure 11. Failure probabilities of the individual bearings and the bearings as a group for the hybrid
drivetrain. The position numbers of the bearings are shown framed (see Figure 2). The dotted line
indicates the B;q-lifetime of the bearing group with 123,000 km.

3.3. Sensitivity Analysis

In this section, a parameter variation of the maximum regeneration torque is performed. In
reality, the limitation of the regeneration torque may have its cause on the electrical, mechanical and
human side, and is not unusual in practice. Boundary conditions such as efficiency, component limits
and driving comfort influence the control of the regeneration process [40]. The load cycles presented
in [12] show a clear limitation of the regeneration torque. This may be due to a limitation of the
charging power when the battery is close to fully charged [41]. On the mechanical side, an overload
of the transmission can always be avoided by limiting the recuperation torque by controls. As an
alternative, a load-related operating strategy for the vehicle can be implemented, which adjusts the
possible maximum torque on the basis of the so far experienced component damage.

Figure 12 shows an exemplary load spectrum of the transmission input torque for the hybrid
drivetrain with a regenerative torque limit of 100 Nm in the WLTC. The limitation can be seen by an
increase of the operating points at -100 Nm, whereby operating points smaller than —100 Nm are
caused by the overtorques of the clutches in powershifting.

300 High
[0
_. 200 e
3 o
Z. 100 3
g o
S 0 S
= 100 g
= -~
g -1
-200 £
-300 0

500 1000 1500 2000 2500
Input speed [rpm]

Figure 12. Load spectrum of the transmission input torque for the hybrid drivetrain with a
regenerative torque limit of the electric machine of -100 Nm in the WLTC. Scaling of the color bar
identical to Figure 8.

Figure 13 depicts the results of the parameter variation of the maximum regenerative torque of
the EM. It can be seen that with increasing maximum regenerative torque, the life of the bearings
decreases. The increasing gradient of the bearing life with increasing recuperation torque can be
explained by the decreasing number of operating points of high regenerative torques.
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Figure 13. Results of the sensitivity analysis. Bearing lifetime over maximum regenerative torque in
the WLTC.

4. Summary, Conclusions and Outlook

In this paper, the bearing lifetime of a transmission in a passenger car application was
investigated and the influence of regenerative braking on this lifetime was quantified. Here, both a
conventional and a parallel hybrid drivetrain were investigated. The bearing lifetimes were
calculated using ISO 281 as part of a method for estimating the lifetime of technical systems. The
loads on the rolling bearings in the transmission were determined with the help of a detailed
drivetrain model consisting of ICE, EM, mechanical drivetrain, vehicle, driver and HCU. In the
conventional drivetrain, the EM model was omitted. To take into account the additional loads from
the eigenbehavior of the drivetrain, the DMF, side shafts and tires were considered to be elastic. The
WLTC was chosen as the representative driving cycle. Additional loads from the actuation of the
clutches in gear shifts were taken into account by the implemented power shifts. A simple approach
was considered as the operating strategy, which splits the driver’s braking torque demand between
the drag torque of the ICE, the EM and the MB.

The results show that in the conventional drivetrain, the bearing lifetime of the locating bearings
of the intermediate shafts dominates the failure distribution. The lifetime of the bearings as a group
was evaluated as plausible on the basis of literature references. In the hybrid drivetrain without
torque limitation, a 36.9% reduction in bearing lifetime was determined. The lifetime in the hybrid
drivetrain is shorter, because high negative input torques occur more frequently during regenerative
braking. These torques cause additional bearing loads, depending on the gear engaged. A reduction
of the regenerative torque, as can be justified by the numerous boundaries of regenerative braking,
was investigated in a sensitivity analysis. The bearing lifetime decreases with falling gradient up to
the maximum regenerative torque of the EM.

The findings reported here demonstrate that the additional loads occurring in HEV must be
taken into account in transmission development and operation. Design possibilities are a stronger
dimensioning of the components, a design adaptation of the transmission layout or the use of a
hybrid topology with a different position of the EM. If the regeneration can be realized without
additional power flow through the transmission (e.g., topologies P3 or P4), this influence on the
lifetime remains negligible. However, these topologies require a higher speed spread of the EM.

In addition, the loads can be taken into account on the operating strategy side. During
development, the operating strategy can be adapted to the load capacity of the transmission by
limiting the maximum regenerative torque or by a load-related gear shifting strategy that takes into
account uniform loads on the bearings. During operation, the regenerative torque can be adjusted
online to the damage observed in the components. The simultaneous consideration of operating
strategy and transmission lifetime leads to a multiobjective optimization problem, the solution of
which can yield a suitable tradeoff between energy saving and transmission lifetime.

Although the results are considered plausible, and a transmission model validated with regard
to losses was used, the calculation approaches should nevertheless be validated in future work. This
includes the physical behavior of the torsional vibration model, as well as the bearing force
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calculation. The torsional vibration model can be validated by means of a modal analysis. A
validation of the bearing force calculation is possible by measuring the bearing forces. However, the
necessary application of strain gauges in the proximity of the bearing is costly. In addition to the
physics, the results of the lifetime calculation should be validated. For this purpose, condensed
durability tests mentioned in the introduction can be carried out on a test bench, or the
manufacturer’s return data can be evaluated. Furthermore, the control influences of the modeled
TCU and HCU (e.g., calibration) should be validated. Specific use cases should be investigated
through more detailed and usage-specific, experimental cycles, taking special events into account. In
the future, both the method and the model can be used for more detailed investigations. For example,
the influences of a variation in operating strategy, transmission layout or components can be
systematically quantified.
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Abbreviations
BEV Battery Electric Vehicle
DMF Dual Mass Flywheel
EM Electric Motor
FD Final Drive
HCU Hybrid Control Unit
HEV Hybrid Electric Vehicle
ICE Internal Combustion Engine
1SO International Organization for Standardization
MB Mechanical Brake
PMSM Permanent Magnet Synchronous Motor
TCU Transmission Control Unit
WLTC Worldwide Harmonized Light Vehicles Test Cycle

Nomenclature
an Normal pressure angle ©)
B Helix angle )
) Angle @
o) Angular velocity (sM
é Angular acceleration (s?)
byen Vehicle equivalent inertia angle 1)
byen Vehicle equivalent inertia angular velocity (s
Byen Vehicle equivalent inertia angular acceleration (s?)
Dwheell Left wheel angle 1)
Guwheell Left wheel angular velocity (s
Dwheelr Right wheel angle 1)
d)wheel,r Right wheel angular velocity (s™
arso Life modification factor 1)
b Shape parameter 1)
Bio Bearing lifetime with a failure probability of 10% (h)
c Stiffness (Nm-rad™)
C Dynamic load rating (N)
d Damping (N'm-s-rad™)
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tice

Tcycle
Tact,EM
Tact,ICE
Tact,MB
Tdem,brk
Tdes,EM
Tdes,ICE
Tdes,MB
Tdrag

Te

Ti
Tmax,EM,ICE
Tmax,lCE

Tj
Vact
Vdes
Xbrk
Xthr
Xveh
X

Gear diameter

Mean bearing diameter

Damage

Driving resistance parameter

Driving resistance parameter

Driving resistance parameter

Axial gear force

Bearing force

Axial force

Failure probability of all bearings over time
Driving resistance force

Force i

Failure probability of a single bearing j over time
Radial gear force

Tangential gear force

Radjial force

Index

Gear ratio

Index

Inertia

Number of load classes

Length of a shaft section

Bearable number of rotations of a load class i
Vehicle mass

Moment i

Number of bearing revolutions in a load class i
Lifetime exponent

Dynamically equivalent bearing load
Dynamically equivalent bearing load of a load class i
Tire radius

time

Failure free time

EM time constant

ICE time constant

Cycle duration

Acting EM torque

Acting ICE torque

Acting MB torque

Demanded deceleration torque

Desired EM torque

Desired ICE torque

Desired MB torque

Equivalent driving resistance torque

Gear torque

Torque i

Sum of maximum EM generator and ICE drag torque
Maximum ICE drag torque

Characteristic lifetime of a single bearing j
Actual velocity

Desired velocity

Brake pedal position

Throttle pedal position

Vehicle velocity

dynamic radial load factor
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Y dynamic axial load factor 1)
Appendix

Table Al. Bearing parameters. Position according to Figure 2. Dynamic load rating C and mean
diameter d,.

Position Type C(N) d, (mm)
1,2 tapered roller bearing 64,000 65
3 axial needle roller bearing 30,000 65
4 needle roller bearing 26,500 30
5 needle roller bearing 27,500 36
6,15,17 ball bearing 32,000 49.5
7 cylindrical roller bearing 33,500 53.3
8 needle roller bearing 33,500 45.5
9 needle roller bearing 33,500 45.5
10 needle roller bearing 33,500 45.5
11 needle roller bearing 33,500 45.5
12 needle roller bearing 33,500 45.5
13 needle roller bearing 33,500 45.5
14 needle roller bearing 33,500 37
16 cylindrical roller bearing 59,000 53.9
18 cylindrical roller bearing 33,500 56
19, 20 cylindrical roller bearing 28,500 29.5

Table A2. Total gear ratios ig of the transmission.

Gear Value
1 14.07
7.66
4.68
3.26
2.52
2.04

AN A WDN

Table A3. Coefficients of driving resistance.

Parameter Value and Unit
fa0 160 N
fa1 4 N's'm™
fa2 0.37 N-s2'm=2
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Table A4. Parameters of the torsional vibration model.

Parameter Value and Unit

Ttire 0.302 m
Jven 72.96 kg-m?
Jice 0.3 kg-m?
JomE 0.3 kg-m?

JeE 0.2 kg-m?
Jwheel 0.5 kgmz
CpMF 580 N'm-rad-!
dpmr 50 N'm-s-rad-!

Cshaft,l 1.1E4 N-m-rad-!
Cshaft,r 9.5E3 N'‘m-rad-!
shaft 6 N-m-s-rad!
Clshaft,r 6 N'm-s-rad!
Ctire 2.3E4 N'm-rad!
diire 1.15 N'm-s-rad"!

Table A5. Properties of the WLTC Class 3 cycle.

Value and
Parameter .
Unit
Duration Teyje 1,800 s
Distance 23,266 m
Average velocity =~ 46.5 km-h!
Maximmum 131 km'ht
velocity
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