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Abstract: Rotary shaft seals prevent the exchange of fluid at shaft passages. Their function and
service life depend decisively on the temperature in the contact area between the sealing edge and the
shaft. Since the temperature depends on both the generation of frictional heat in the contact area and
the heat transfer to the surrounding sealing system, the design of the sealing system is crucial. Within
the scope of this work, multiphase conjugate heat-transfer analyses were performed considering
different assembly situations. The computed results were presented and contrasted to experimental
data. This resulted in a valid model for predicting the temperature in the sealing system, which
provided insight into the influence of the sealing surroundings on the contact temperature.
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1. Introduction

In many technical applications, seals are required to keep lubricants and operating
fluids within a system as well as to keep contaminants out of this system. Rotary shaft
seals (RSS) are mainly used to seal pressureless shaft passages that are splashed or flooded,
e.g., in automotive and mechanical engineering [1,2]. The rotary shaft seal is a complex
tribological system that includes not only the sealing ring, but also its counterface, i.e., the
shaft surface, and the fluid to be sealed [1]. The sectional view of a rotary shaft seal made
of elastomer according to DIN 3760 [3] or ISO 6194 [2] is shown in Figure 1.
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In the assembled state, the sealing lip is pressed against the shaft surface with the aid
of a garter spring. This results in a narrow contact area between the sealing edge and the
shaft surface, with a contact width of about 0.1 mm [1]. The static sealing mechanism, i.e.,
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when the shaft is not rotating, is additionally ensured by the interference of the shaft outer
diameter and the sealing ring inner diameter [1]. When the shaft rotates, the lubricant to be
sealed is dragged into the contact area between the sealing edge and the shaft. Due to the
active sealing mechanism, this fluid entering the sealing gap is pumped back from the air
side to the oil side. Various models have been suggested to explain this dynamic sealing
mechanism of rotary shaft seals [4–6]. During operation, the contact area is subjected to
friction. The more frictional heat is generated in the contact area and the less of this heat
can be dissipated from the contact area, the greater the temperature in the contact area.
The generation and dissipation of heat and, thus, the contact temperature is affected by
numerous interacting factors, some of which are illustrated in Figure 2.
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Failures of rotary shaft seals and, thus, of the entire system are often caused by the
overheating of the contact area. An increase in temperature in the sealing contact of
about 10 K can already lead to a significantly reduced service life of a rotary shaft seal [8].
Therefore, in order to better assess the risk of a temperature-induced failure and to achieve
a long service life, the temperatures in the contact area must be below the operating
temperature limit of the sealing ring and the fluid. The contact temperature to be expected
during operation must, thus, be known as accurately as possible. In general, it can be
distinguished between three different ways of determining the contact temperature. The
first option is to measure directly on a real component [9]. This is usually the most accurate
method for determining the contact temperature, but these measurements can be extremely
difficult or even impossible due to the very small gap heights between the sealing edge
and the shaft. Furthermore, a prototype must already have been manufactured. For an
initial design, before a prototype is manufactured, these measurements, therefore, cannot
be performed. The second option is the possibility of estimating the temperature in the
contact area without a prototype by using an approximation equation [7,10,11]. This can be
conducted, for example, with the InsECT beta-18.10.08 [12,13] calculation tool developed
at the Institute of Machine Components of the University of Stuttgart. In the current state
of development, this tool is not applicable to sealing systems with certain configurations,
such as rotary shaft seals with a protective lip or coated shafts, hollow shafts or shafts
with sleeves. The third option is to simulate the entire system. Through simulations, the
expected contact temperature can already be developed for the first design without the
need to build a prototype. This offers the possibility to simulate different variants and
compare them with each other. Moreover, the results are more accurate than when using
approximation equations. Depending on the complexity of the simulation model, i.e., how
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many influencing factors are considered, the development of the simulation model can be
extensive and, thus, require a great amount of time.

As the shaft rotates, the sealing edge lifts up, resulting in the formation of a thin
lubricating film in the sealing gap. Thus, there is no fixed boundary between the fluid to
be sealed, the oil, and the surrounding fluid, the air. For the prediction of, for example,
cavitation zones in the sealing gap, this multiphase flow has already been successfully
simulated in the past [14,15]. Finite element analysis (FEA) of a rotary shaft seal has already
been used to analyze the radial deformation and contact pressure distribution [16–18]. In
addition, elastohydrodynamic lubrication (EHL) simulations have also been performed [19].
In general, the focus of the EHL simulations was mainly the investigation of the flow in
the sealing gap [15]. By focusing on the lubricant film in the sealing gap, many of the
influencing factors, shown in Figure 2, could not be considered. A simulation of the whole
test bench, as it was performed in this work, has been performed in the past [20]. However,
the focus was not on the design of the surroundings of the sealing ring either. Therefore,
it has not yet been possible to predict what impact the surroundings of the sealing ring
have on the contact temperature. The work described in this paper is intended to enable an
understanding of the influence of the sealing surroundings on the contact temperature.

In this study, the temperature in the contact area between the sealing edge and shaft
was determined for different geometric variants by measurements on the test bench and
additionally by simulations. An only-slightly simplified geometry of the test bench was
used for the simulations. Since the development of different simulation models is time-
consuming and, therefore, it is usually not possible to develop many different models
within the given time, parameterized simulation models were used. The interacting factors,
highlighted with a yellow background in Figure 2, were all considered in the simulations.
The factors indicated by a yellow frame were included only partially, e.g., as a boundary
condition. As far as possible, we tried to reproduce reality in the simulations. However,
due to limited computing power, some simplifications had to be made. The temperatures
in the contact area resulting from the simulations were compared with the temperatures
measured in the experiments on the test bench. In this way, it was possible to evaluate
which of the simplifications made still led to accurate simulation results.

2. Materials and Methods

A total of 17 different simulations were performed in the computational-fluid-dynamics
(CFD) software Ansys CFX 2021 R2. One reference configuration and 16 geometric varia-
tions were used. Due to the heat transfer between the solid domains and fluid domains in
the model, the conjugate heat-transfer (CHT) method was used. This method calculates the
temperature distributions in both the fluids and the solids. The flow in the sealing gap was
neglected. Due to the interaction between the oil and air in the oil chamber, a multiphase
flow was considered. To validate the results obtained from the simulations, experiments
were performed on a test bench at the institute.

2.1. Governing Equations

The convective heat transfer in the fluids around the sealing system was described
using the Navier–Stokes equations in their conservation form. The heat conduction in the
solids of the sealing system and its surroundings was described with the help of the energy
equation. Therefore, the following conservation equations of mass, momentum and energy
had to be satisfied.

The continuity equation
∂

∂t
ρ = −∇ · ( ρ U ) (1)

with the flow velocity vector field U, the time t and the fluid density ρ describe the conser-
vation of mass. This equation ensures that the mass entering a system is equal to the mass
leaving the system and the accumulation of mass within the system. The first part, the time
derivative, describes the loss of mass in the system and the second part, the divergence
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term, describes the difference between the mass entering and the mass leaving the system.
Since the air is assumed to be incompressible, the density is constant and the continuity
equation can be simplified to [21]:

0 = ∇ · ( ρ U ). (2)

The momentum equation

∂

∂t
(ρ U) = −∇ ·( ρ U⊗U )−∇p +∇·τ + SM (3)

where the shear-stress tensor τ for Newtonian fluids and the pressure p are an expression of
Newton’s second law of motion and describes the conservation of momentum for moving
fluid [22]. The optional source terms SM depend on the application. For example, if
buoyancy is considered, the source term

SM = Sbuoy = ρ g (4)

is added to the momentum equations, where g = 9.81 m/s2 is the gravitational accelera-
tion [23].

The total energy equation is

∂

∂t
(ρ htot)−

∂

∂t
p +∇ ·( ρ U htot ) = ∇·(λ∇T) +∇·(U·τ) + U·SM + Sheat (5)

where the thermal conductivity is λ and the total enthalpy is

htot = h +
1
2

U2. (6)

This states that the total energy of the system is equal to the total work and heat
added to the system. The viscous work term ∇·(U·τ) represents the work due to viscous
stresses, and the term U·SM describes the work due to an external momentum source. The
volumetric heat source Sheat is optional [23].

In addition to the conservation equations, equations for the determination of the heat
transfer must be solved. Heat transfer refers to all processes of transporting energy in
the form of heat. The “internal energy”, i.e., the energy contained in a system, is a state
variable. In addition, the energy exists as a conservation variable, as it cannot be created
or destroyed, but transformed into another form. This is described by the first law of
thermodynamics:

.
Q +

.
W =

.
m(hout − hin), (7)

where
.

Q describes the heat flow across the system boundary and
.

W the working current
across the system boundary. For a stationary system, the mass flow

.
m is equal to the

incoming mass flow and equal to the outgoing mass flow. The specific enthalpy is divided
into the incoming enthalpy hin and outgoing enthalpy hout. As two systems of different
temperatures come into contact with each other, heat is exchanged along the negative
temperature gradient. The first law of thermodynamics described in Equation (7) does
not affect how heat is transferred between multiple systems. Heat can be transferred by
conduction, convection or radiation. Thermal radiation is neglected in this work.

When several systems do not move relative to each other, have different temperatures
and are in contact with each other via their surfaces, heat conduction occurs [24]. During
heat conduction, no mass is transferred; the heat exchange takes place due to atomic
interactions. Fourier’s law,

.
q =

.
Q
A

= −λ ∇T (8)
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describes the heat-flux density
.
q transported by heat conduction within the same phase [21].

The heat flux
.

Q in Equation (7) is defined as the amount of thermal energy leaving/entering
the system in a given time across the system boundary. The heat-flux density

.
q is defined

as the amount of thermal energy leaving/entering within a certain time, but related to a
cross-section A.

The convective heat transfer is the transfer of heat between a solid and a moving
fluid or between two fluids [24]. The amount of heat transferred is strongly dependent
on the fluid layer close to the wall, the so-called boundary layer. In this boundary layer,
the temperature changes from the wall temperature ϑwall to the temperature of the fluid
ϑfluid within a short distance. In addition, the velocity of the fluid increases from the value
zero at the wall to the mean fluid velocity. Since the temperature and velocity profile in the
boundary layer are usually unknown, the heat transfer coefficient α is introduced. Using
this heat transfer coefficient, the heat flux density can be calculated by

.
q = α (ϑwall − ϑfluid). (9)

In the solid domains, the equation for the heat transfer is solved without any flow.
Within these domains, the equation for the conservation of energy, Equation (5), can be
modified to

∂

∂t
(ρ h) = ∇·(λ ∇ ϑ) + Sheat. (10)

To model the two-phase flow in a domain containing air and oil, the VOF (volume
of fluid) model with completely homogeneous equations for two fluids was used. The
free-surface model was used for the interface description. In the VOF model, the volume
fraction of a phase m within a calculation cell is stored as an additional variable Cm. This
variable Cm is transported convectively with the velocity U through the domain, which is
described by the transport equation:

∂

∂t
Cm + U ·∇ Cm = 0, (11)

where m ∈ {oil, air} for a two-phase domain with air and oil [25,26]. The constraint

Coil + Cair = 1 (12)

has to be fulfilled in each calculation cell. In the cells that contain both fluids, the properties
are calculated using a volume fraction average of the fluids. Thus, for example the density
in a cell, can be described by

ρ = ρoilCoil + ρairCair. (13)

These averaged properties are then used to solve the momentum equation stated in
Equation (3).

2.2. Modeling

In the following, the setup of the 3-dimensional simulation model in the Ansys CFX
2021 R2 software is explained. This includes the computational domain, the computa-
tional grid, the definition of the material parameters and boundary conditions, and the
solver settings.

2.2.1. Computational Domain

The tests used to validate the simulation model were performed on a high-speed
friction torque test bench. The rotationally symmetrical geometry model used in the
simulations was based on this test bench and consisted of a total of nine domains, which
are illustrated in Figure 3. The domains pressure chamber, closure cover, adapter, sealing ring
housing, rotary shaft seal, shaft sleeve and shaft were considered as solid bodies. The geometry
of the sealing ring used on the test bench was simplified in the simulations: neither the
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spring nor the metal insert of the sealing ring were considered, and the entire volume
of the sealing ring was assumed to be made of elastomer. Both the sealing edge and the
shaft as the counterface were assumed to be ideally smooth. The sealing gap itself was
not simulated, but the direct contact of the sealing edge to the shaft was assumed. The
fluid domain oil chamber contained both oil and air, which is why a multiphase model was
necessary to describe the two-phase flow. The fluid domain environment contained only
the air.
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The geometry was meshed in the Ansys Workbench meshing software, Ansys CFX
2021 R2. An element size was specified for each domain. The sealing ring was meshed
with the finest element size of 0.2 mm. To ensure a smooth transition to the surrounding
domains and, thus, to other element sizes, the mesh size at the interfaces of the sealing ring
was also set to 0.2 mm. Over the 0.2 mm wide contact width between the sealing edge and
the shaft sleeve, the number of elements was set to 8 elements. The domains environment
and oil chamber were meshed with an element size of 1 mm. The largest mesh size of 4 mm
was defined for the domains pressure chamber, adapter and closure cover. The used mesh
contained 60.5 million elements and 13.7 million nodes. Due to the limited computing
power available, the mesh was not further refined. Figure 4 shows the mesh in the area of
the sealing edge. The domains rotary shaft seal, oil chamber and environment were meshed
with tetrahedrons; all other domains were meshed with hexahedrons.
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2.2.2. Material Data

A total of three solid materials were defined: elastomer, aluminum and steel. For
each of these materials, the density, specific heat capacity and thermal conductivity were
defined. The material data used are listed in Table 1. The values given in the table are
constant material parameters, independent of temperature and pressure. Only the density
and thermal conductivity of the air (ideal gas), as well as the dynamic viscosity of the oil,
were assumed to be non-constant. The constant material data were defined as expressions.
This way of parameterizing the simulation model allowed the individual parameters to
be changed easily and in a fast way. Rotary shaft seals from Freudenberg made of the
fluororubber compound 75FKM585 [27] were used for the experiments on the test bench.
The material data of the elastomer used in the simulations were based on this fluororubber
compound. As material data of the steel, the data of the steel 100Cr6 [28] were used, since
this steel was used in the experiments. The aluminum was the aluminum–copper alloy EN
AW 2007. The fluid domain environment was filled with air (ideal gas). The default values
of Ansys were used as material data of the air. The fluid domain oil chamber was filled with
oil up to a defined oil fill level; everything above this level was initially assumed to be air
(ideal gas). The oil Fuchs Titan Supersyn Longlife 0W-30 was used for the experiments. The
density of the oil was measured with a pycnometer according to EN ISO 3838 [29]. The
values of the specific heat capacity and the thermal conductivity of the oil were estimated
based on experiments [30] and other oils [31].

Table 1. Material data of the solid and fluid materials used in the simulation.

Material Thermodynamic
State

Density ρ
[kg/m3]

Heat Capacity c
[J/(kg·K)]

Thermal
Conductivity λ

[W/(m·K)]

Elastomer Solid 1900 1650 0.215
Aluminum Solid 2800 860 145

Steel 100Cr6 Solid 7830 470 46
Air (Ideal Gas) Gas Equation (14) 1004.4 Equation (15)

Oil Liquid 885 2200 0.13

Since the density of air is affected by the current temperature Tair and the pressure
pair, the air density was not assumed to be constant and was defined as

ρair = pair ·M / (R·Tair), (14)

where M = 28.96 kg/mol is the molar mass of the air and R = 8.3145 J/(mol·K) is the
universal gas constant. Below the boiling point, the thermal conductivity of gases increases
linearly with temperature, allowing a 1st-degree polynomial to be sufficient to correlate
measured values [24]. The thermal-conductivity data of dry air at 20 ◦C and 120 ◦C
from [24] was used to define the thermal conductivity of air as

λair = 0.001 · (0.0712 ·ϑair + 24.446) (15)

as a function of the current air temperature ϑair. Since no temperature-dependent data of
the thermal conductivity of the oil were available, the conductivity of the oil was assumed
to be constant.

The dynamic viscosity of the air was defined as ηair = 1.831·10−5 kg/(m·s). To describe
the temperature-dependent viscosity of the oil, the Vogel equation

ηoil = VA·exp{ VB
ϑoil −VC

} (16)

with the temperature-independent material parameters VA and VB and the Vogel tempera-
ture VC was used [32,33]. To determine these parameters, measurements with a MCR302
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rheometer manufactured by Anton Paar Germany GmbH (Ostfildern, Germany) were
made. Both the dynamic viscosity of the air and the dynamic viscosity of the oil were
defined as expressions.

2.2.3. Boundary and Initial Conditions

The shaft and shaft sleeve were defined as rotating. The rotational speed n was
specified as an expression and could, thus, be easily varied. All other solid domains were
stationary. Due to the rotation of the shaft sleeve, frictional heat was generated in the
contact area between the shaft sleeve and the sealing ring. The frictional heat model

.
Qfric = Mfric ·2π ·n (17)

describes the frictional heat flux
.

Qfric generated in the contact area [7]. This frictional
heat flux was introduced to the simulation model via a boundary condition. Therefore,
the frictional torque was measured on the test bench for different shaft speeds n and
approximated by the rational function

Mfric =
a1 · n

b2 · n2 + b1 · n + b0
(18)

according to [15]. The measured values were then fitted to the curve described by Equation (18)
in order to determine the parameters a1, b0, b1 and b2. With the help of this fitted curve, the
values of the frictional torque can then be approximated for various shaft speeds, which
may not have been measured. The parameters in Equation (18) were only valid for the
tribological system with which the measurements were performed. For other materials or
different geometries, the parameters had to be redetermined.

In reality, the heat calculated by Equation (17) is generated in the sealing gap between
the sealing ring and the shaft surface. Since the thermal conductivity of the sealing ring is
extremely low compared to the thermal conductivity of the shaft, more heat is transferred
from the sealing gap to the shaft than to the sealing ring. In the simulation model, the
sealing gap was not considered; instead, the direct contact between the shaft surface and the
sealing edge was assumed. In order to realize the uneven heat transfer to the sealing ring
and the shaft in the simulation model, the frictional heat flux calculated by Equation (17)
was divided into two parts. A larger part of the heat flux was specified as a heat source at
the shaft surface. A much smaller heat source was specified at the sealing edge. Thus, the
frictional heat flux determined by Equation (17) was divided using a heat partition factor f ,
which is defined as

f =
λseal

λseal + λshaft
. (19)

By inserting the frictional torque into Equation (17) and then multiplying the resulting
frictional heat flux with the heat partition factor, the frictional heat applied to the sealing
ring could be determined by

.
Qfric seal =

.
Qfric · f (20)

and the frictional heat applied to the shaft sleeve analogously by

.
Qfric shaft =

.
Qfric · (1− f ). (21)

The frictional heat of the shaft
.

Qfric shaft was added as a heat source in the contact area
between the shaft sleeve and sealing ring, but only to the shaft sleeve. The frictional heat
of the sealing ring

.
Qfric seal was also added in the contact area, but only on the side of the

sealing ring.
Except for the fluid domain environment, each domain was initialized with the initial

temperature ϑinit = 80 ◦C. This corresponds to the oil sump temperature at the test bench, to
which the oil was heated during the experiments. The domain environment was initialized
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with the ambient temperature ϑair = 20 ◦C. For the boundary condition on the outer side
of the domains pressure chamber and adapter/bearing housing, the heat transfer coefficient
αout = 42.5 W/(m·K) was specified as the boundary transition to the ambient temperature
ϑair. A subsonic opening boundary condition was defined at the system boundary of
the domain environment. Thus, the fluid in this domain, the air, was allowed to cross
the boundary surface in either direction. The flow over the boundary did not have to be
normal to the surface. The static pressure was specified as 0 Pa over this boundary. To
represent the holder of the spindle and, thus, a wall, the axial system boundary of the
domain environment was defined as a no-slip wall. This meant that the velocity of the air
at this boundary was set to zero. Due to the adiabatic option, this wall allowed no heat
transfer across the wall boundary.

At high Reynolds numbers, when the inertial forces in the fluid become much larger
than the viscous forces, turbulence occurs [23]. For this reason, a turbulence model was used
in the domain oil chamber. This allowed the effect of turbulence to be considered without
having to use an extremely fine mesh or direct numerical simulations. An Eddy Viscosity
Turbulence Model, Menter’s two-equation Shear Stress Transport model of [34,35] was
used to model the turbulence. It was assumed that the turbulence in the model consisted
of small vortices, which built up and dissipated continuously [36]. This turbulence model
provided good computational accuracy with a relatively low numerical effort, and has been
used successfully in the past [20].

2.2.4. Solver Settings

The advection scheme “High resolutions” was used. This defines how the advection
term in the transport equation is modeled numerically. The “High resolution” scheme
keeps the solution as close to the second order as possible. To under-relax the equations
of the steady-state simulation as they iterated towards the final solution, a false time
step was applied [37]. As a fluid timescale control, the option “Auto timescale” was
defined. With this option, the solver calculates the timescale based on the defined boundary
conditions, initial conditions or the current solution. The same option was used for the
solid timescale. This automatically calculates the solid time scale based on the length
scale, thermal conductivity, density and specific heat capacity. The timescale in the solid
domains, without any flow, was defined separately, because these timescales can usually
be much longer.

The convergence criteria define when a solution is considered converged and, thus,
when the solver will stop. The maximum residual (root mean square) was set to 0.0001.
The maximum number of outer loop iterations was set to 100. Thus, the solver terminated
after 100 iterations, regardless of whether the specified convergence criterion was reached
or not. By monitoring the residual and different temperatures per monitor points, it was
confirmed that this limit was sufficient.

2.3. Case Studies

In addition to the reference configuration explained in Section 2.2, 16 other configu-
rations were simulated. All 16 variants could be divided into the two subgroups variants
with additional elements and variants of the shaft design. In total, only two simulation
models, one for each subgroup, had to be created. Due to the possibility of defining vari-
ous parameters in the simulation software, new variants could be simulated quickly and
without great effort. Thus, all these variants could not only be tested on the test bench, but
also simulated for different shaft speeds.

2.3.1. Variants with Additional Elements

To protect the sealing edge from penetrating liquids or contamination, an additional
slinger disc can be installed. Baffle plates are used to intercept and control large volumes of
oil or dirt and thereby prevent damage to the sealing lip. Studies by Kunstfeld [38] have
shown that components surrounding the sealing system, for example, bearings, slinger
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discs or baffle plates, have an influence on the temperature in the sealing contact. Therefore,
different combinations with additional elements close to the sealing edge were simulated.
These configurations with additional elements are listed in Table 2.

Table 2. Simulated variants with additional elements.

Designation Bearing Slinger Disc:
Inner Diameter

Baffle Plate:
Outer Diameter

SD_small - 93 mm -
SD_large - 87 mm -
BP_small - (78.7 mm) 93 mm
BP_large - (78.7 mm) 87 mm

Bea_X tapered roller bearing,
X-arrangement - -

Bea_O tapered roller bearing,
O-arrangement - -

Bea_Ba ball bearing - -
Bea_Cyl cylindrical roller - -

The computer-aided designs (CAD) of the first four variants in Table 2 are shown in
Figure 5. For the variants with a baffle plate, seen in Figure 5c,d, the volume between the
baffle plate and the cover was not considered in the simulations. The boundaries to this vol-
ume are adiabat. Two different arrangements of tapered roller bearings, the X-arrangement
and the O-arrangement, ball bearings and cylindrical roller bearings were tested on the test
bench. The sectional views of the geometries of the four-bearing arrangements are shown
in Figure 6. The diameter of the bearings was the same for all four.
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The maximum temperatures, which are the main focus of the simulation, were found
in the contact area between the sealing ring and the shaft. Due to the distance to the contact
area, the geometry of the bearings was assumed to have no great influence on the contact
temperature. Thus, to keep the simulation setup as simple as possible, the same geometry
model was used for the simulations of the four variants with bearings, as shown in Figure 7.
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Different pumping effects could be observed for different bearings. In the case of the
tapered roller bearings, the fluid was pumped towards the larger diameter of the taper [39].
In the X-arrangement, the fluid located between the sealing ring and the bearings was
pumped away from the sealing ring. In the O-arrangement, the fluid was pumped towards
the sealing ring. For the variants with bearings, there were two fluid domains filled with
oil and air: the domain oil chamber and the domain oil chamber bearing. Depending on the
bearing and its pumping effect, a different amount of oil reached the domain oil chamber
bearing. Thus, the only differences between the variants with bearings were the following:

• The oil fill level hoil in the domain oil chamber bearing;
• The frictional torque between the bearing and the shaft.

The fluid domain oil chamber bearing was filled with oil up to the oil fill level hoil ;
everything above this level was initially assumed to be air.

2.3.2. Variants of the Shaft Design

The shaft was modeled as the following:

• An air-filled hollow shaft, illustrated in Figure 8a;
• An oil-filled hollow shaft, illustrated in Figure 8b–d;
• A solid shaft with various shaft shoulders, illustrated in Figure 9.

The simulated combinations with these additional elements are listed in Table 3.

Table 3. Simulated variants of the shaft design.

Designation Filling Shaft Shoulder Inner Shaft Diameter

air_filled air - 60 mm
oil_filled_35 oil - 35 mm
oil_filled_50 oil - 50 mm
oil_filled_60 oil - 60 mm

shoulder_air_short solid air-side, short -
shoulder_air_long solid air-side, long -
shoulder_oil_short solid oil-side, short -
shoulder_oil_long solid oil-side, long -

The four variants with a hollow shaft differ in the fluid inside the shaft and in the inner
diameter of shaft, as seen in Figure 8. The inside of the air-filled shaft was not considered
in the simulation model, and the boundaries to this volume were assumed to be adiabat.
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Two different geometries were used for the variants with shoulders, one with a wide
shaft, i.e., with a long shoulder, and one with a narrow shaft, i.e., with a short shoulder.
The shaft sleeve was simulated on two different positions for each shoulder width and was
either on the air-side or on the oil-side of the sealing ring, as shown in Figure 9.
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2.4. Experiments

The high-speed friction torque test bench shown in Figure 10 was used for the ex-
periments [30]. The basic design of the test bench consists of a spindle driven by a motor,
on which the shaft is mounted, and an aerostatic bearing into which the test chamber is
mounted. The motor can realize speeds of up to 24,000 rev/min. The entire test chamber
can be moved along linear guides. By adjusting the trapezoidal spindle, different positions
of the shaft can be set, for example to test the variants with shoulder design. The aerostatic
bearing allows the chamber to rotate around the center axis with minimal friction, which
is required to prevent the measurement of a falsified frictional torque. The chamber is
supported by a lever arm acting on a load cell. The friction generated at the seal is, thus,
passed on to the chamber and measured via the load cell. Before starting the test, the oil
chamber was filled with oil up to the center of the shaft and then closed with a vent valve.
The temperature of the oil inside the oil chamber was monitored with a temperature sensor
PT 100. The test-bench control regulated heating cartridges to keep the oil temperature at
the desired temperature. For the experiments in the scope of this study, the temperature
of the oil was heated to ϑinit = 80 ◦C. In order to obtain measurement results at different
shaft speeds, a speed duty cycle, in which the speed was increased in predefined steps, was
run after a twelve-hour run-in phase. Both the frictional torque and the temperature in the
contact area were measured at each speed level in the last few minutes of a 30 min speed
step in the speed duty cycle.

A thermal imager (Ti480 PRO from Fluke) was used to measure the temperature
near the air-side contact surface of the sealing edge with the shaft. All objects emit an
electromagnetic radiation depending on their temperature; the hotter, the more intense.
With the thermographic camera, the intensity of this radiation can be observed in the
infrared range. The intensity of this radiation depends on the surface condition of the
measured object or its emissivity. This influencing factor was set beforehand by calibrating
the device. An emission coefficient of ε = 0.95, a transmissivity of 100%, and a background
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temperature of 22 ◦C were set for all measurements. The maximum temperature displayed
on the thermographic camera was used as the measured value.
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Figure 10. High-speed friction torque test bench.

3. Results

In the following, the oil distribution in the oil chamber and the initial condition of
the oil are shown first. The temperature distribution in the cross-section resulting from
the simulation for different rotational shaft speeds is shown next. The simulations were
performed on a workstation with an Intel Xeon W-2155 (Intel, Neubiberg, Germany) with a
clock speed of 3.30 GHz and 128 GB of RAM. When running on 10 cores, the simulation
finished 100 iterations, which was the maximum number of iterations due to the predefined
solver settings, after about 40 min.

3.1. Phase Interaction

For different rotational shaft speeds n, the frictional torque and, thus, the heat source in
the sealing contact changed, as demonstrated by Equation (17). The higher the shaft speed,
the more heat was generated. In addition, the distribution of the oil in the oil chamber
changed for different shaft speeds, as shown in Figure 11. The higher the speed, the more
oil was dragged against the outer wall of the oil chamber. This has been confirmed by
observations from various tests [40].
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Initially, the oil in the oil chamber was assumed to be everywhere below the height of
the center of the shaft, as shown in Figure 11a. Due to the rotating shaft and the resulting
centrifugal force, the oil was distributed in the oil chamber. In addition, the gravitational
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force acted on the oil, which is why there was still more oil in the lower half of the oil
chamber (negative y-direction); see Figure 11b,c. The arrow in the coordinate system
indicates the direction of shaft rotation.

Figure 12 shows the streamlines of the oil in the domain oil chamber from two different
perspectives. Close to the rotating shaft, the velocity of the oil was highest. The rotational
speed of the shaft was n = 2000 rev/min. The oil directly at the shaft was dragged forward
with this velocity and, therefore, had a velocity of approximately 2000 rev/min = 8.38 m/s.
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3.2. Temperature Contour Plot

Figure 13 shows the temperature distribution in the cross-section of the reference
variant for the rotational shaft speeds n = 2000 rev/min and n = 8000 rev/min.
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Due to the heat source applied as a boundary condition in the contact between the
sealing ring and the shaft, the maximum temperature occurred in the sealing contact. Since
this heat source was greater for higher shaft speeds, as demonstrated by Equation (17),
the temperature was higher the higher the shaft speed was. Since the shaft made of steel
conducts heated better than the seal made of elastomer, the generated heat was not evenly
divided between the sealing ring and the shaft. A larger part of the heat generated in
the sealing gap was applied to the shaft, and only a small part to the sealing ring; see



Appl. Sci. 2023, 13, 11026 15 of 27

Equations (19)–(21). Due to these material properties, the heat generated in the sealing
contact was dissipated more towards the shaft than towards the seal.

The rational function describing the frictional torque Mfric, calculated using Equation (18),
is used not only for the frictional torque of the sealing ring but also for the frictional torque
of the bearings. The frictional torque of the bearings and, thus, the heat source caused
by friction at the bearings, calculated using Equation (17), was different for each variant
with bearings. Since the geometry of the cylindrical roller bearing in combination with
the ball bearing was not symmetrical, as shown in Figure 6d, the frictional torque of the
bearings was divided into one part generated by the ball bearing near the sealing ring
and one part generated by the bearing distant from the seal. Thus, for the variants with
bearings, eight additional parameters, four for each bearing, had to be defined to determine
the frictional torques of the two bearings according to the rational function in Equation (18).
By multiplying the frictional torque with the rotational shaft speed, the frictional heat

.
Q f ric

was obtained, listed in Table 4. In addition, the four variants with bearings differed in the
fill level of the oil hoil in the domain oil chamber bearing, as shown in Figure 14. The input
parameter oil fill level hoil is also given in Table 4.

Table 4. Variants with bearings: input parameters oil fill level and frictional heat, and the resulting
temperature; n = 2000 rev/min.

Bea_X Bea_O Bea_Ba Bea_Cyl

Oil fill level hoil [mm] −100
(empty)

+100
(full)

0
(center shaft)

0
(center shaft)

Frictional Heat
.

Q f ric [W] (bearing near the seal) 263.7 274.0 59.6 20.8

Frictional Heat
.

Q f ric [W] (bearing distant from the seal) 263.7 274.0 59.6 59.6

Frictional Heat
.

Qfric seal [W] (sealing ring) 0.2 0.2 0.2 0.2

Frictional Heat
.

Qfric shaft [W] (shaft surface) 38.0 38.0 38.0 38.0
Simulation result: ϑMax [◦C] at RSS-environment 116.1 97.5 98.0 97.3
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The four parameters for determining the frictional torque of the sealing ring, calculated
using Equation (18), were assumed to be identical for all variants, regardless of whether
additional elements were simulated or not. Thus, the frictional heat generated in the
contact area between the sealing ring and shaft surface was the same for all variants. This
frictional heat generated was subdivided into the two parts

.
Qfric seal and

.
Qfric shaft, shown in

Equations (20) and (21). The temperature given in the last row in Table 4 is the temperature
obtained from the simulation. This is the maximum temperature occurring on an interface
between the rotary shaft seal (RSS) and the environment.

For the tapered roller bearing in the X-arrangement, there was only air in the volume
between the bearing and the sealing ring, and the volume fraction of the oil is zero, as
shown in Figure 14a. For the O-arrangement of the tapered roller bearing, the volume
was completely filled with oil, as shown in Figure 14c, and in the case of the other two
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variants, it was half-filled with oil and half-filled with air, as shown in Figure 14b. These
assumptions were based on experiences and observations during the experiments of the
test bench.

The temperature distribution of the variants, with a bearings of n = 2000 rev/min, are
shown in Figure 15.
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Due to its material properties, shown in Table 1, oil conducts heat better than air.
In the simulation with the tapered roller bearings in the X-arrangement, there was pure
air on both sides of the sealing ring and the heat generated in the sealing contact could,
therefore, be dissipated less effectively. The highest frictional torque was measured on
the test bench for the variant completely filled with oil, Bea_O, which is why the most
frictional heat was added to the system here using the boundary condition; see Table 4.
The measured frictional heat for the tapered roller bearings in the X-arrangement was only
slightly lower. Since the volume between the sealing ring and the tapered roller bearings in
the X-arrangement was completely filled with air and, therefore, conducted the heat worse,
the simulation, nevertheless, resulted in the highest temperatures for Bea_X.

4. Discussion

The input parameter n is given in the unit rev/min. With the diameter of the shaft,
d = 80 mm, the circumferential speed could be calculated in the unit m/s. Both notations
are given in Table 5. Additionally, two different simulation results are listed in Table 5:

• ϑMax at RSS-shaft: These were the maximum values of the temperature in the contact
area between the sealing ring and the rotating shaft; see Figure 16a.

• ϑMax at RSS-environment: These were the maximum values of the temperature on one
of the interfaces between the sealing ring and the environment; see Figure 16a.

There was only one contact interface between the sealing ring and the shaft: RSS–
shaft. Multiple surfaces of the sealing ring were in contact with the environment. The
interface which was designated as the RSS–environment interface is shown in Figure 16a.
The simulation results were compared to the measured temperatures in Table 5. The
measurements represent the mean value of at least three individual measurements.
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Table 5. Simulation results and measurements of the reference variant, depending on the input
parameter n.

Input Parameter Simulation Results Measurement

Shaft Speed n
[rev/min]

Circumferential Speed vU
[m/s]

ϑMax [◦C] at
RSS-Shaft

ϑMax [◦C] at
RSS-Environment

ϑMax [◦C] at
RSS-Environment

2000 8.38 98.1 95.9 95.3
4000 16.76 109.4 105.4 105.6
8000 33.51 145.2 138.9 124.8

The maximum temperature occurring in the entire model arose in the contact area,
i.e., on the RSS–shaft interface. However, when measuring the temperatures on the test
bench, the thermal imager was pointed at the contact area from the air side, as shown in
Figure 16b. The temperatures directly in the sealing gap and, thus, on the interface between
the sealing ring and the shaft, could not be measured with this method. Therefore, the
temperatures resulting from the simulation that corresponded most to the measurements
performed were not the highest temperatures occurring in the sealing contact, but the
maximum temperatures at the interface between the sealing ring and the environment,
the RSS–environment interface, as shown in Figure 16a. These temperatures from the
simulation are, therefore, compared with the measurements in the following section.
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Figure 16. Temperature measurement procedure: (a) sealing ring with interfaces; (b) location of
performed measurements.

4.1. Variants with Additional Elements

In Figure 17, the temperatures obtained from the simulation of the variants with the
slinger disc and baffle plate are compared with the measurements. The simulation results
are displayed in full color, and the temperatures obtained from the measurements are dis-
played hatched. The two variants with baffle plate deviated strongly from the measurement
results. The temperature difference between the measurement results and the simulation
results for the variant BP_large was almost 50 K for the shaft speed n = 8000 rev/min. For
the variants with the slinger disc, the temperature difference was generally much smaller,
the maximum difference being about 10 K. A reason for the large temperature difference
between the measurement and simulation for the variants with the baffle plate could be
that the baffle plate was cut at the inner diameter for the experiments in order to attach a
temperature sensor. This cut may have caused the oil to be better mixed near the sealing
ring. The oil heated up through the frictional heat near the sealing contact, thus, mixed
more quickly with the cooler oil further away from the sealing contact. Thus, the oil cooled
down faster in the area near the sealing contact due to its better mixing with the cooler oil,
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which is why the measured temperatures were much lower than the temperatures obtained
from the simulations.
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ring was measured several times in the experiments with the reference variant, i.e., 

Figure 17. Variants with slinger disc or baffle plate: simulation results (full colored) compared to the
measured temperatures (hatched).

Figure 18 compares the temperature values obtained from the simulations with
the measured temperatures for the different bearing arrangements. The rotational shaft
speeds tested with the tapered roller bearings on the test bench were n1 = 1000 rev/min,
n2 = 2000 rev/min and n3 = 3200 rev/min. The ball bearings and cylindrical roller bearings
were tested with n1 = 2000 rev/min, n2 = 4000 rev/min and n3 = 6300 rev/min. The same
shaft speeds were used for the simulations.

Appl. Sci. 2023, 13, 11026 18 of 26 
 

the cooler oil, which is why the measured temperatures were much lower than the tem-
peratures obtained from the simulations. 

 
Figure 17. Variants with slinger disc or baffle plate: simulation results (full colored) compared to the 
measured temperatures (hatched). 

Figure 18 compares the temperature values obtained from the simulations with the 
measured temperatures for the different bearing arrangements. The rotational shaft 
speeds tested with the tapered roller bearings on the test bench were 𝑛ଵ = 1000 rev/min, 𝑛ଶ = 2000 rev/min and 𝑛ଷ = 3200 rev/min. The ball bearings and cylindrical roller bearings 
were tested with 𝑛ଵ = 2000 rev/min, 𝑛ଶ = 4000 rev/min and 𝑛ଷ = 6300 rev/min. The same 
shaft speeds were used for the simulations. 

 
Figure 18. Variants with bearings: simulation results (full colored) compared to the measured tem-
peratures (hatched). 

The largest temperature difference of approx. 26 K for 𝑛ଷ = 3200 rev/min and approx. 
15 K for 𝑛ଶ = 2000 rev/min occurred for the tapered roller bearings in the O-arrangement. 
This difference may have been due to the fact that the frictional heat generated in the seal-
ing contact was incorrectly assumed in the simulations: the frictional torque of the sealing 
ring was measured several times in the experiments with the reference variant, i.e., 

Figure 18. Variants with bearings: simulation results (full colored) compared to the measured
temperatures (hatched).



Appl. Sci. 2023, 13, 11026 19 of 27

The largest temperature difference of approx. 26 K for n3= 3200 rev/min and approx.
15 K for n2 = 2000 rev/min occurred for the tapered roller bearings in the O-arrangement.
This difference may have been due to the fact that the frictional heat generated in the
sealing contact was incorrectly assumed in the simulations: the frictional torque of the
sealing ring was measured several times in the experiments with the reference variant, i.e.,
without additional elements and with a solid shaft. In these experiments, the oil chamber
was filled with oil up to the center of the shaft. Based on these measured frictional torque
values, the parameters in Equation (18) were determined. These parameters were identical
for all the simulated variants. This means the frictional heat generated in the contact area
between the sealing ring and the shaft was assumed to be the same for all the variants.

Due to the pumping effect of the bearings, the fluid was pumped towards the sealing
ring for the O-arrangement of the tapered roller bearings. In the simulation, it was, therefore,
assumed that the domain oil chamber bearing would be completely filled with oil. In the
experiments, it was observed that this volume did indeed fill completely with oil. However,
the bearing continued to pump oil even when the volume was already completely filled
with oil, which could have resulted in a higher pressure on the sealing edge. The sealing
edge may, therefore, have been pressed against the shaft on the oil side, which could have
led to higher friction. Compared to the reference variant, the sealing edge would, thus, be
pressed differently on the shaft surface for the O-arrangement of the tapered roller bearings
due to the overpressure on the oil side. The parameters defined in the simulation model for
determining the frictional heat in the sealing contact were based on the reference variant
and were, therefore, incorrect for the O-arrangement of the tapered roller bearings. For all
other simulated variants with bearings, the assumed parameters seem to be correct, as the
measured values agreed well with the results from the simulations.

The rotating shaft distributed the oil in the oil chamber, but due to gravity, especially
at low rotational shaft speeds, there was still more oil in the lower half of the oil chamber,
as shown in Figure 11. Since oil conducts heat better than air, as shown in Table 1, the heat
generated in the sealing contact was dissipated better in the lower area of the oil chamber.
To analyze these fluctuations in a circumferential direction, a line was placed in the sealing
contact around the circumference of the shaft sleeve, as shown in Figure 19a. On this line,
the temperature was evaluated in steps of Θ = 1◦ for each variant with bearings and the
rotational shaft speed n = 2000 rev/min, as shown in Figure 19b. The two vertical dashed
lines mark the two positions “top” and “bottom”. The position “top” refers to the location
on the circumferential line with the most-positive y-coordinate. The position “bottom”
analogously refers to the location on the line with the smallest y-coordinate. Due to the
better thermal conductivity of the oil, the temperatures in the lower part and especially
at the “bottom” position were generally slightly lower than the temperatures at the “top”
position. For example, for the X-arrangement, the temperature varied between approx.
114.7 ◦C and 116.8 ◦C, as shown in Table 6. This temperature difference is negligible.

Table 6. Minimum and maximum temperatures along the circumferential line in the sealing contact,
n = 2000 rev/min.

Bea_X Bea_O Bea_Ba Bea_Cyl

ϑmin along the
circumferential line [◦C] 114.7 95.3 94.3 93.8

ϑmax along the
circumferential line [◦C] 116.8 97.5 97.7 97.1
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A second horizontal line 49 mm long and 0.7 mm below the sealing contact, was
defined, shown in Figure 20a. At 200 equidistant data points across the line, the temperature
was evaluated for the four variants with bearings, as shown in Figure 20b. The temperature
plot over the x-coordinates of the horizontal line looks like a slightly asymmetrical Gaussian
distribution curve, with the maximum at the position of the sealing contact.
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Figure 20. Temperature distribution along the horizontal line: (a) contour plot with the horizontal
line; (b) temperature plot for n = 2000 rev/min.

4.2. Shaft Design

The simulation results for the three different rotational shaft speeds are compared
to the measurements in Figure 21 for the variants with the hollow shaft design. The
measured temperatures differed only slightly from the simulation results. For a rotational
shaft speed of n = 2000 rev/min, the measured temperatures were slightly lower than the
simulation results.
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ample, be due to the fluctuating oil-sump temperature. Small temperature differences are, 
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Figure 23 compares the temperatures obtained from the simulation with the meas-
ured temperatures of from all the variants. On the leftmost panel, the variants with the 
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bearings are compared. The variants with a hollow shaft design are compared in the mid-
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Figure 21. Hollow shaft: measured temperatures (hatched) compared to the simulation results (fully
colored).

The temperatures obtained from the simulations of the shaft shoulder designs also
fitted very well with the measured temperatures, as shown in Figure 22. At low rotational
shaft speeds, very similar temperatures were measured for all four variants with the
shoulder design. As the shaft speed increased, the measured temperature of the variant
air_short was higher than those of the other variants. For the variant air_short, only very
little material was available on the air side through which the heat could be transferred
to the air. This could explain the higher temperature in both the simulation and the
measurements of the variant air_short, compared to the other variants.
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Figure 22. Shaft with shoulder design: measured temperatures (hatched) compared to the simulation
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4.3. Accuracy of All Variants

In the simulations, an oil sump temperature of ϑinit = 80 ◦C was assumed, since the oil
was heated up to this temperature during the experiments using the test bench. During the
experiments, the oil temperature was continuously measured, and adjusted if necessary, to
ensure a constant temperature of ϑoil = 80 ◦C. The measured and recorded oil temperatures,
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nevertheless, fluctuated between ϑoil = 77 ◦C and ϑoil = 85 ◦C. A temperature difference
between the simulation and measurement of a few degrees could, for example, be due to the
fluctuating oil-sump temperature. Small temperature differences are, therefore, negligible.

Figure 23 compares the temperatures obtained from the simulation with the measured
temperatures of from all the variants. On the leftmost panel, the variants with the slinger
disc or baffle plate are compared and, in the middle-left panel, the variants with bearings
are compared. The variants with a hollow shaft design are compared in the middle-right
panel, and on the rightmost panel, the variants with shaft shoulder designs are compared.
Each panel is, furthermore, subdivided into the simulated rotational shaft speeds n in
rev/min. In general, the temperature difference between the measurement and simulation
increased with the shaft speed.
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Figure 23. Difference between the measured temperature and the temperature obtained from the
simulation for all simulated variants.

For the variants with a slinger disc or baffle plate, two trends can be observed: For the
variants with the slinger disc, all the measured temperatures were higher than the simulated
temperatures, which was why the temperature difference ∆T was negative. For the variants
with the baffle plate, it was the other way around: the simulations resulted in higher
temperatures than the measurements, which is why the difference was positive overall. The
largest deviation between the simulation and measurement was observed at a high shaft
speed for the variants with the baffle plate. The deviations for the variants with bearings
were small (∆T < 10 K), except for the tapered roller bearings in the O-arrangement.

The difference between the temperatures obtained from the simulations and the
measured temperatures was generally small for the variants with a hollow shaft. The tem-
perature differences for the variants with a shaft shoulder design were all positive, meaning
the measured temperatures were smaller than the temperatures from the simulations. Thus,
the actual temperature was slightly underestimated in the simulation for these variants.

5. Conclusions

A parametric computational-fluid-dynamics simulation model was created in the
software Ansys CFX 2021 R2, with which different variants can be computed in a short time.
With this model, the maximum occurring temperatures in the contact area between the
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shaft and sealing ring can be determined for different variants, for example, for different
geometries or materials. Moreover, the simulation model allows the determination of heat
dissipation from the sealing contact to the surroundings for initial design ideas without
a prototype. In this way, the surrounding geometry of a sealing ring can be optimally
designed to achieve a longer product life. Regarding existing simulation models in recent
years, the focus has, rather, been on the sealing gap itself, which was why many influencing
factors (e.g., heat convection in oil, and air flow) could not be considered. The simulation
model created in this work takes nearly all influencing factors, shown in Figure 2, into
account, with the possibility of including even more.

A reference configuration and, additionally, 16 different variants, were simulated for
different rotational shaft speeds. All simulated variants were additionally tested on the test
bench, and the measured temperatures were compared to the temperatures obtained from
the simulations. For this purpose, the maximum temperature at an interface between the
sealing ring and the environment was used. Based on the comparison of the measurements
with the simulation results, conclusions could be drawn about which of the simplifications
used in the simulation led to accurate simulation results, as summarized in Table 7.

Table 7. Simplifications made in the simulations.

No. Simplification Still Accurate Results?

1
The frictional heat generated in the contact area between the
sealing ring and shaft was given into the simulation model
as a boundary condition.

yes

2

For all simulated variants, the same parameters for
determining the frictional torque and, thus, also the
frictional heat generated in the contact area between the
sealing ring and shaft were defined.

yes 1

3
Only two differences between all the variants with bearings:
frictional torque of the bearings and oil fill level in the
volume between the bearings and the sealing ring.

yes

4
Neither the spring nor the metal insert of the sealing ring
were considered; the whole sealing ring was assumed to be
made of elastomer.

yes

5 For the variants with a baffle plate, an air-filled volume was
formed, which was not considered in the simulations. no

6 The same geometry model was used for the all variants
with bearings. yes 2

7 The air in the air-filled hollow shaft was not considered in
the simulation model. yes

1 with one exception: the variant with tapered roller bearings in the O-arrangement. 2 on one condition: the
pumping effect and the frictional torque of the bearings had to be known.

For all the simulated variants, the same frictional heat generated in the contact area
between the sealing ring and shaft was introduced into the simulation model as a boundary
condition (No. 1 and No. 2). This frictional heat was based on the frictional torque
measured on the test bench for the reference variant and was found to not be transferable
to the variant with tapered roller bearings in the O-arrangement. For all other simulated
variants, the simplification No. 2 proved to be a valid approach. In the case of the tapered
roller bearings in the O-arrangement, the exact value of the frictional torque would have
been needed in order to be able to compare the simulation results with the measured values.

The temperatures measured in the experiments with the slinger disc could be repro-
duced well in the simulations. In the simulations with baffle plates, it became apparent
how great the influence of the design of the components surrounding the sealing ring was
for the contact temperature between the sealing ring and shaft. Due to the simplification of
the geometry of the baffle plate (No. 5), the measurement results could not be confirmed
with the simulations.
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Using only two varying input parameters to model the different bearings (No. 3) has
been proven to be a valid approach. With these input expressions, the pumping effect of the
bearings could be modeled well for the tapered roller bearings in the X-arrangement, the
ball bearings and the cylindrical roller bearings. It has also been shown that the differences
in the geometries of the bearings were negligible and, therefore, one geometry model is
sufficient for modeling all variants with bearings (No. 6), but only if both the pumping
effect of the bearings and the frictional torque of the bearings are known, since both must
be included as input variables.

Despite not considering the air inside the air-filled hollow shaft (No. 7), and assuming
that the boundaries of the air-filled hollow shaft were adiabatic to the volume inside, the
simulation yielded good results. In the case of the variants with an oil-filled hollow shaft,
the temperatures obtained from the simulations matched the measured temperatures well.
The measured temperatures were slightly underestimated in the simulations of the variants
with the shoulder design; nevertheless, the temperatures obtained from the simulation
fitted well with the measured temperatures.
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Nomenclature

Symbol Description Unit
c specific heat capacity J/(kg·K)
Cm transport variable, volume-of-fluid (VOF) method -
Cair transport variable for the air phase, VOF -
Coil transport variable for the oil phase, VOF -
d shaft diameter mm
f heat partition factor -
g gravitational acceleration m/s2

h enthalpy J/kg
hin incoming enthalpy J/kg
hout outgoing enthalpy J/kg
htot total enthalpy J/kg
hoil oil fill level in the domain oil chamber bearing mm
.

m mass flow kg/s
M molar mass kg/mol
M f ric frictional torque N·m
n rotational shaft speed rev/min
p pressure Pa
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pair current air pressure Pa
.
q heat flux density kg/s3
.

Q heat flux W
.

Q f ric frictional heat flux W
.

Q f ric seal frictional heat flux applied to the seal W
.

Q f ric sha f t frictional heat flux applied to the shaft W
R universal gas constant J/(mol·K)
SM optional source term in the momentum equations kg/(s2·m3)
Sbuoy source term for buoyancy kg/(s2·m3)
Sheat volumetric heat source kg/(s3·m2)
t time s
Tair current air temperature K
ϑ temperature ◦C
ϑair air temperature ◦C
ϑoil current oil temperature ◦C
ϑinit initial temperature ◦C
ϑ f luid fluid temperature ◦C
ϑwall wall temperature ◦C
U flow velocity vector field m/s
vU circumferential velocity m/s
VA material parameter in the Vogel equation Pa·s
VB material parameter in the Vogel equation K
VC Vogel temperature K

.
W working current W
α heat transfer coefficient W·K/m2

ηair dynamic viscosity of the air Pa·s
ηoil dynamic viscosity of the oil Pa·s
λ thermal conductivity W/(m·K)
λair thermal conductivity of the air W/(m·K)
λseal thermal conductivity of the sealing ring material W/(m·K)
λsha f t thermal conductivity of the shaft material W/(m·K)
ρ density kg/m3

ρair air density kg/m3

ρoil oil density kg/m3

τ shear-stress tensor Pa
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