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Abstract: Heat rejection in the hot-arid area is of concern to power cycles, especially for the transcritical
Rankine cycle using CO2 as the working fluid in harvesting the low-grade energy. Usually, water is
employed as the cooling substance in Rankine cycles. In this paper, the transcritical Rankine cycle
with CO2/R161 mixture and dry air cooling systems had been proposed to be used in arid areas with
water shortage. A design and rating model for mixture-air cooling process were developed based
on small-scale natural draft dry cooling towers. The influence of key parameters on the system’s
thermodynamic performance was tested. The results suggested that the thermal efficiency of the
proposed system was decreased with the increases in the turbine inlet pressure and the ambient
temperature, with the given thermal power as the heat source. Additionally, the cooling performance
of natural draft dry cooling tower was found to be affected by the ambient temperature and the
turbine exhaust temperature.
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1. Introduction

The energy crisis and environmental pollution have become barriers for the sustainable
development of the human society, which can be ascribed to the massive consumption of fossil
fuels since the industrial revolution [1]. Scientists and technicians worldwide have employed a variety
of methods to deal with these issues. Typically, harvesting the low-grade energies, such as solar energy,
geothermal energy, and industrial waste heat, has been recognized as one of the effective approaches
to alleviate the energy and environmental issues [2–4].

Generally, thermodynamic cycles, including the organic Rankine cycle (ORC) [5,6], Kalina
cycle [7,8], and transcritical Rankine cycle (TRC) [9], which have used the low-boiling-point working
fluid, are adopted to recover the low-grade energy. Of them, the TRC, which adopts the natural
non-flammable and non-toxic CO2 as the working fluid (hereinafter referred as “tCO2”) [10–12], has
more compact equipment than the Kalina cycle, and it can lead to a higher output power than ORC,
thus displaying great application prospects in the field of low-grade energy utilization. However, the
normal operation pressure of the tCO2 system is about 10 MPa due to the high critical pressure of CO2

(about 7.38 MPa), which will give rise to safety concerns. Another challenge is CO2 condensation in
the tCO2 system as a result of the low critical temperature of CO2 (about 304 K) [13]. It is difficult to
use tCO2 in areas with high surrounding temperature, especially, in arid areas with water shortage.
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Consequently, CO2 mixed with other fluids has been proposed as the working fluid to expand
the application of tCO2 [14]. Notably, the CO2-based mixtures can integrate the advantages of
each individual pure fluid and exhibit environmental properties as well as efficiency, which have
thereby attracted increasing attention in recent years [15,16]. Furthermore, applying CO2 mixtures
in TRC can also lead to superior temperature matching with heat source over that of the CO2

Brayton cycle. At present, the reported working fluids of CO2 mixtures are mainly CO2 blends
with hydrocarbons, hydrofluorocarbons, and hydrofluoroolefins [17]. For instance, Dai et al. [18]
investigated the thermodynamic performance of TRC using the zeotropic mixtures of CO2 mixed with
seven working fluids possessing low global warming potentials (GWP). Their results denoted that the
thermal efficiency of the TRC was enhanced by the zeotropic mixtures; besides, the operation pressure of
the investigated TRC was decreased. Moreover, Yang [19] examined the improvements of the economic
performance of TRC with CO2 mixtures, and discovered that, the TRC with CO2/fluoroethane (R161)
mixtures displayed better economic performance than those in other TRCs with CO2/difluoromethane,
CO2/tetrafluoropropene, CO2/tetrafluoroethane, CO2/propane, and pure CO2. Moreover, Shu et al. [20]
explored the improvements in the thermodynamic and economic performance of TRC using a
CO2-based mixture to recover the engine waste heat. Their findings suggested that TRCs with
CO2/R152a, CO2/R161, and CO2/R32 mixtures could achieve the optimal performances, along with a
low operation pressure and the optimal total heat transfer area. Thus, TRC with CO2/R161 mixture is
promising to be used to recover the low-grade energy.

The CO2/R161 mixture is associated with the superiorities of fine thermostability, as well as optimal
thermodynamic and economic performances in TRC, which can thereby be utilized for low-grade
energy recovery at a high ambient temperature. Nonetheless, few existing studies [13–20] have
examined the cooling process of TRC with CO2/R161 mixture. Usually, water cooling is employed
for analysis, but the water resource issue [21] has drawn growing attention, since water is a kind of
valuable natural resource. On this account, the direct air cooling technique will be an ideal approach
for thermodynamic cycles in arid areas with water shortage.

Consequently, the TRC using CO2/R161 mixture with the direct air cooling system had been
proposed and investigated in this paper. Firstly, the thermodynamic model of the TRC system was
constructed and verified. Subsequently, the natural draft dry cooling tower (NDDCT) model was
established based on the experimental data from Li et al. [22]. Afterward, the performance of the
NDDCT was analyzed under different ambient temperatures and thermal loads of turbine exhaust.
Moreover, this work was expected to shed valuable light on the mixture working fluids [23–25] and
ORC using the direct air cooling system [26].

2. Model and Considerations

The schematic diagram of the power plant is presented in Figure 1. As can be observed, the power
plant consisted of four basic components, including the heater, the turbine, the cooling tower, and the
pump. Moreover, there were four processes regarding the thermodynamic cycle of the working fluid in
the system, among which, in process 1–2, the condensed fluid was pumped into the high pressure state;
in process 2–3, the working fluid experienced phase transition and changed into the high temperature
and high pressure supercritical state in the heater; in process 3–4, the supercritical fluid was expanded
to produce power in the turbine; and in process 4–1, the working fluid was cooled in the cooling tower.
Here, the NDDCT was selected as the condenser, which could cool the working fluid with no water
loss and almost no parasitic power consumption [27].
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Additionally, the temperature–entropy (T–s) diagram of the corresponding power plant system
using CO2/R161 (50/50 wt.%) is plotted in Figure 2. Noteworthily, the working fluid had experienced
the single- and two-phase condensation processes in the NDDCT, during which temperature glide
had occurred.
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cycle (TRC).

Figure 3 presents the critical pressure and critical temperature for the CO2/R161 mixtures with
various mass fractions [28]. Clearly, the critical temperature of the mixtures was increased with the
increase in the mass fraction of R161. Meanwhile, the critical pressure of the mixtures was decreased,
which rendered a lower TRC operation pressure than that of tCO2, and laid the foundation for the
practical application of TRC using CO2 mixtures.
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2.1. Calculation Assumptions

The assumptions of the power plant system are exhibited in Table 1. Typically, the heat source
of the system could be solar energy, geothermal energy, or waste heat. Therefore, the thermal power
of 500.00 kW was given as the heat source for the universality of the system, while the range of the
turbine inlet temperature was 423.15–473.15 K. In addition, the mass flow of the working fluid was
calculated according to the heat balance equation. The annual average air temperature was 298.15 K,
and, in this paper, the air temperature fluctuated within the range of 293.15–303.15 K. Furthermore,
there was no pressure loss in the pipeline and heat exchanger, and the whole power plant system
operated at the steady state.

Table 1. Design operation parameters.

Parameter Value

Thermal power of heat source (kW) 500.00
Annual average air temperature (K) 298.15

Isentropic turbine efficiency 0.70
Isentropic pump efficiency 0.80

Turbine inlet temperature (K) 423.15
Turbine inlet pressure (MPa) 15.00

Pressure losses 0.00

2.2. Mathematical Model

The equations for the system components were based on the first law of thermodynamics. The
National Institute of Standards and Technology (NIST) REFPROP program [29] was used for physical
properties of CO2/R161 mixture.

As for the turbine:
Wt = mass·(h3 − h4). (1)

For the pump:
Wp = mass·(h2 − h1). (2)

For the heater:
Qin = mass·(h3 − h2). (3)

For cooling tower:
Qcool = mass·(h4 − h1). (4)
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The heat exchanger in the cooling tower was made up of bundles with the same structural and
functional characteristics. It can be seen in Figure 4 that each bundle was composed of 10 finned tubes
arranged in five rows. Meanwhile, the working fluid would enter the bundle through the left side of
the fifth row in the finned tubes and leave the bundle at the right side of the first row in the finned
tubes. Then, the air would cool the working fluid by flowing from the bottom to the top of the bundle.
The calculation for the heat exchanger model is also presented in Figure 4. Generally, the traditional
method of heat exchanger modeling is only valid for a working fluid with constant properties. In this
study, the nodal approach was adopted in designing the heat exchanger, in which each row of the
heat exchanger bundles was divided into 24 sections, as if a number of small heat exchangers were
connected in series.Energies 2019, 12, x FOR PEER REVIEW 5 of 17 
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The heat balance equation between CO2 mixture and air was as follows,

Qct = mCO2 ·(hCO2,i − hCO2,o) = mair·cp,air·(Tair,i − Tair,o), (5)

where QCt is the heat emission of the cooling tower (W), hCO2 represents the enthalpy of CO2 (J·kg−1),
while i and o stand for the inlet and outlet of the working fluid, respectively, and Cp,air indicates the
average heat capacity of air (J·kg−1

·K−1).
Additionally, the product of the heat transfer area and the overall heat transfer coefficient (UA) of

the heat exchanger could be obtained through the logarithmic mean temperature difference (LMTD),
as displayed below.

Q = U·A·FT·∆TLMTD, (6)

where U is the thermal conductivity of the system (W·m−2
·K−1), A stands for the area of heat transfer

(m2), FT indicates the correction factor of LMTD (which amends the counter current flow as the
cross-flow), and ∆TLMTD represents the logarithmic mean temperature (K), which can be calculated as
follows,

∆TLMTD = (∆T1 − ∆T2)/ ln(∆T1/∆T2) (7)
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when the working fluid experienced counter current flow in the heat exchanger, ∆T1 = TCO2,o − Tair,i,
∆T2 = TCO2,i − Tair,o.

On the other hand, the condenser could be divided into the superheated single-phase region and
the two-phase region based on the working fluid state at the turbine outlet. For the single-phase region
of the CO2 mixture, the Krasnoshchekov–Petukhov correlation [30,31] was employed,

Nu0 =
( f /8)ReDPr

1.07 + 12.7( f /8)1/2(Pr2/3
− 1)

, (8)

U =
k
D

Nu0(
µb

µw
)0.11(

kb
kw

)−0.33(

−
cp

cpb
)0.35, (9)

f = (0.790lnReD − 1.64)−2, (10)

where U represents the heat transfer coefficient and D suggests the inner diameter of the tube.
The following correlation [32] was used for the two-phase region of the CO2 mixture.

Nu = 0.729

 gρ f (ρ f − ρg)D3
o i′f g

µ f kr(Tsat − Twall)


1/4

, (11)

where g represents acceleration due to gravity, ρ f and ρg are the densities of liquid and vapor working
fluid, and i′f g is the modified latent heat of vaporization.

The heat transfer coefficient at the air side [22] was calculated as follows,

haAa = 0.0143Re2
a + 83.2Rea + 22210, (12)

where ha is the air side heat transfer coefficient, Aa stands for the air side heat transfer area, and Rea

indicates the Reynolds number of air. Moreover, the characteristic length of Rea was deemed as the
equivalent circular diameter of the air flow passage, which was 1.7 × 10−2 m for this particular heat
exchanger.

The structure chart of the NDDCT and the distribution diagram of air side resistance are displayed
in Figures 5 and 6, respectively. Clearly, the NDDCT consisted of the tower support columns, the heat
exchanger bundles, the hyperbolic-type tower shell, and the sensors.
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The ventilation equation represents the balance equation between the buoyancy with the result of
air heating and the air pressure loss in the NDDCT, as shown below:

pa1[
{
1− 0.00975(H3 + H4)/(2Ta1)]

}3.5

×
{
1− 0.00975(H5 −H3/2−H4/2)/Ta4

}3.5
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(13)

where pa1 is the air pressure at state 1 in Figure 1 (Pa), Ta1 suggests the air temperature at state 1 (K), H3

represents the distance between the heat exchanger bundles bottom and the ground (m), H4 indicates
the distance between the top of the heat exchanger bundles and the ground (m), H5 is the distance
between the tower outlet and the ground (m), Ta4 stands for the air temperature at state 4 (K), ma is
indicative of the air flow (kg·s−1), A f r is the face area of the heat exchanger bundle bottom (m2), ρa34

signifies the average air density of the heat exchanger bundles (kg·m−3), A5 denotes the outlet area of
the cooling tower (m2), ρa5 represents the outlet air density of cooling tower (kg·m−3), and K indicates
the coefficients of air loss in the NDDCT. More details are presented in Table 2.

Table 2. The coefficients of loss of air in NDDCT [33].
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Kcthe = [100− 18( d3

H3
) +

0.94( d3
H3

)2]χK
[−1.28+0.183( d3

H3
)−7.769×10−3(

d3
H3

)2]

he

Cooling tower outlet loss coefficient, Kto

Kto =
∆pa56

ρa5v2
a5

2

=
2ρa5∆pa56

( ma
A5

)
2 = −0.28Fr−1

D + 0.04Fr−1.5
D

FrD = (ma
A5

)
2/[ρa5(ρa6 − ρa5)gd5]s

Heat exchanger loss coefficient, Khe
Characteristic Reynolds number, Ry = ma

µa34A f rT

Khe = 31383.8475Ry−0.332458 + 2
σa2 (

ρa3−ρa4
ρa3+ρa4

)

The specified parameters for the design of the NDDCT are listed in Table 3. The design flow of
the NDDCT was built on the parameter iteration according to the energy conservation equation and
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the ventilation equation. Typically, the minimum ∆TLMTD was 5.00 K. The detailed data for the heat
exchanger are listed in Table 4.

Table 3. Specified parameters for the design of the NDDCT.

Parameter Unit Value

Aspect ratio of cooling tower, H5/d3 - 1.40
Tower inlet height, H3 m 5.00

Tower diameter ratio, d5/d3 - 0.70
Heat exchanger coverage of tower inlet, Afr/A3 - 0.65

Number of tower supports, nts - d3/(82.96/60)
Length of tower support, Lts m H3 × (15.78/13.67)

Table 4. The detailed data for the heat exchanger.

Heat Exchanger Parameter Unit Value

Hydraulic diameter of tube m 9.00 × 10−3

Inside area of tube per unit length m2 2.85 × 10−2

Inside cross-sectional flow area m2 6.40 × 10−5

Length of finned tube m 3.84
Effective length of tube m 3.79
Number of tube rows - 5

Number of tubes per bundles - 220
Number of water passes - 10

Number of bundles - 18
Total effective frontal area m2 76.60

Fin root diameter m 9.50 × 10−3

Fin pitch m 2.10 × 10−3

3. Results and Discussion

3.1. Thermodynamic Analysis

Firstly, the calculated thermal efficiency of CO2/R161 TRC was compared with that of Dai et al. [18].
As shown in Figure 7, the simulation results were consistent with those previously reported,
which verified the correctness of our calculation. Moreover, those results also suggested that the
thermal efficiency of CO2/R161 TRC was enhanced with the decrease in the CO2 mass fraction in
CO2/R161 mixtures.Energies 2019, 12, x FOR PEER REVIEW 9 of 17 

 

 

Figure 7. Thermal efficiencies for CO2/R161 TRC. 

On the other hand, Figure 8 plots the changes in thermal efficiency depending on the variation 
of turbine inlet pressure at various turbine inlet temperatures using CO2/R161 (mass fraction of 
0.5/0.5). As can be observed, the thermal efficiency was first increased and then decreased as the 
turbine inlet pressure was elevated. In other words, there was an optimal turbine inlet pressure to 
obtain the maximal thermal efficiency of the system. In addition, the optimal turbine inlet pressure 
was boosted with the increase in turbine inlet temperature. In our study, the optimal turbine inlet 
pressure was determined to be about 8.00 MPa at the turbine inlet temperature of 373.15 K, which 
was changed to about 18.00 MPa at the turbine inlet temperature of 473.15 K. 

 

Figure 8. The relationships between thermal efficiency and turbine inlet pressure under various 
turbine inlet temperatures. 

The evolution of the thermal efficiency with the variations in mass fraction and turbine inlet 
pressure at different minimum circulation temperatures is exhibited in Figure 9. Obviously, the 
thermal efficiency increased with the increase in turbine inlet pressure in the presence of low R161 
mass fraction. In the meantime, the maximum thermal efficiency appear as the R161 mass fraction 
was increased. However, the thermal efficiency was gradually decreased with the increase in 
turbine inlet pressure at the high R161 mass fraction. Besides, the minimum circulation temperature 
would also affect the thermal efficiency of the system. 

 

Figure 7. Thermal efficiencies for CO2/R161 TRC.



Energies 2019, 12, 3342 9 of 17

On the other hand, Figure 8 plots the changes in thermal efficiency depending on the variation of
turbine inlet pressure at various turbine inlet temperatures using CO2/R161 (mass fraction of 0.5/0.5).
As can be observed, the thermal efficiency was first increased and then decreased as the turbine inlet
pressure was elevated. In other words, there was an optimal turbine inlet pressure to obtain the
maximal thermal efficiency of the system. In addition, the optimal turbine inlet pressure was boosted
with the increase in turbine inlet temperature. In our study, the optimal turbine inlet pressure was
determined to be about 8.00 MPa at the turbine inlet temperature of 373.15 K, which was changed to
about 18.00 MPa at the turbine inlet temperature of 473.15 K.
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The evolution of the thermal efficiency with the variations in mass fraction and turbine inlet
pressure at different minimum circulation temperatures is exhibited in Figure 9. Obviously, the thermal
efficiency increased with the increase in turbine inlet pressure in the presence of low R161 mass fraction.
In the meantime, the maximum thermal efficiency appear as the R161 mass fraction was increased.
However, the thermal efficiency was gradually decreased with the increase in turbine inlet pressure
at the high R161 mass fraction. Besides, the minimum circulation temperature would also affect the
thermal efficiency of the system.

Table 5 lists the optimal operation parameters of CO2/R161 TRC at the condensing temperature of
308.15 K and the turbine inlet temperature of 423.15 K. As can be seen, the optimal thermal efficiency
was about 7.40%, the optimal output work was about 37.00 kW, the optimal working medium flow
was 1.60 kg/s, and the heat rejection of the condenser was about 463.00 kW.

Table 5. Design conditions for the air-cooled CO2/R161 TRC.

Plant Solution Value

Turbine inlet temperature (K) 423.15
Turbine inlet pressure (MPa) 12.45

Cycle efficiency (%) 7.42
Plant power output (kW) 37.11

Condensing temperature (K) 308.15
CO2/R161 mass fraction ratio 0.5/0.5

Vapor fraction at turbine outlet (%) 100.00
Turbine outlet temperature (K) 345.00

Mass flow rate of the working fluid (kg·s−1) 1.62
Heat rejection (kW) 462.89
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3.2. Design Parameters and Performance Analysis of Cooling Tower

Notably, the as-prepared TRC with CO2 blends was more sensitive to the environment temperature,
since the CO2 mixtures could directly exchange heat with air in the NDDCT, which was different from
the conventional indirect cooling system. Therefore, the effects of the environment temperature and
temperature variation of CO2 mixtures on the system were also investigated.

The design parameters of the NDDCT at the condenser heat rejection of about 463.00 kW (as
discussed in Table 5) are listed in Table 6. As can be seen, the height of the cooling tower was 10.00 m;
the diameters of the inlet and the outlet of the cooling tower were 7.14 and 5 m, respectively; the
number of heat exchanger bundles was seven; the working fluid outlet temperature was 307.98 K; and
the air mean outlet temperature was about 318.85 K.

The temperature profiles of CO2 mixture and air in the cooling tower are presented in Figure 10.
As can be figured out, the CO2 mixture had experienced transition from the single-phase vapor state to
the vapor–liquid two-phase state in the fifth row of the finned tubes. Afterward, the CO2 mixture
was slowly condensed into the saturated liquid during cooling from the fourth to the first row of the
finned tubes. It is noted that the air temperature was plotted between every layer of finned tubes in
the air-cooled heat exchangers. The discontinuity in the air temperature trends during phase change of
the CO2/R161 mixture is due to an abrupt decrease in mixture heat transfer coefficient, which results in
a high temperature difference in the vapor phase. However, the smaller rejection heat in the vapor
phase reduced the air temperature difference. Moreover, the air temperature through the overall
length of the cooling tower is shown in Appendix A Figure A1. The heat transfer coefficient of CO2

mixture variation in the heat exchanger is presented in Figure 11. Clearly, the heat transfer coefficient
of the CO2 mixture was about 200 W/m2

·K at the single-phase vapor state, while that was increased to
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3000 W/m2
·K at the vapor–liquid two-phase state. The temperature difference in each row was about

3.00 K, and the outlet temperature of air at the fifth row of the finned tubes was about 318.15–320.15 K.

Table 6. The design parameters of the NDDCT at the condenser heat rejection of about 463 kW.

Parameters Cooling Tower System

Tower height (m) 10.00
Tower outlet diameter (m) 5.00
Tower inlet diameter (m) 7.14

Tower inlet height (m) 4.00
Number of heat exchanger bundles 7

Frontal area (m2) 29.80
Working fluid inlet temperature (K) 345.00

Working fluid outlet temperature (K) 307.98
Working fluid inlet pressure (MPa) 3.89
Working fluid mass flow (kg·s−1) 1.62

Heat rejection (kW) 463.00
Air mass flow (kg·s−1) 22.20

Air mean outlet temperature (K) 318.85Energies 2019, 12, x FOR PEER REVIEW 12 of 17 
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The air velocity through the heat exchanger bundles is calculated and presented in Figure 12. It is
noted that the discontinuity in the air velocity trend is due to data selection, which are ones between
every layer of finned tubes. Actually, air flows across tubes with a continuous velocity. The air velocity
through the overall length of the cooling tower is shown in Appendix A Figure A2. As can be seen, the
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air velocity was about 0.63 m/s at the first row of finned tubes, which was increased to 0.67 m/s at the
fifth row of finned tubes. This was because air heating would result in a decrease in density and an
increase in buoyancy, thus, giving rise to the increased air velocity through the heat exchanger bundles.
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The effects of ambient temperature on the CO2 outlet temperature in the condenser, the heat
rejection of cooling tower, and the mass flow rate of air through the cooling tower are calculated, as
presented in Figures 13–15, respectively. Specifically, the increase in ambient temperature would reduce
the mass flow rate of air and decrease the heat rejection of the NDDCT, thus, deteriorating the cooling
of CO2 mixtures. For instance, the turbine exhaust temperature of the CO2 mixture was 345.00 K, the
heat rejection of the cooling tower was 450.00 kW, and the outlet temperature of CO2 in the condenser
was 312.15 K at the ambient temperature of 303.15 K. Importantly, the performance of the NDDCT was
enhanced with the increases in ambient temperature and the heat rejection of cooling tower coupled
with the decrease in CO2 outlet temperature in the condenser. Noteworthily, the pressure of the CO2
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Figure 15. Mass flow rate of air through the cooling tower at different ambient temperatures.

In addition, as presented in Figure 14, the heat rejection of cooling tower was increased as the
turbine exhaust temperature was elevated (Figure 13) at the same ambient temperature, while the
CO2 outlet temperature in the condenser remained largely unchanged. Typically, the driving force
of air flow in the NDDCT was the density difference between the hot air in the cooling tower and
the cool air out of the cooling tower. Additionally, the heat exchange was driven by the temperature
difference between the air and the CO2 mixture. Thus, the density difference between air in and out
of the cooling tower was enlarged as the turbine exhaust temperature was elevated, which would
result in the increased mass flow rate of air and air velocity, finally boosting the heat rejection of the
cooling tower.

4. Conclusions

A transcritical Rankine cycle system with natural draft dry cooling tower using CO2/R161 blends
has been established in this paper. The thermodynamic performance and optimal operation parameters
of the system, together with the cooling performance of natural draft dry cooling tower, are discussed.
In addition, the design procedures of the natural draft dry cooling tower in a transcritical Rankine cycle
using a CO2/R161 mixture are provided. The conclusions can be drawn that the CO2/R161 mixture
has the potential to be used in arid areas, using dry air cooling methods with great thermodynamic
performance. The decrease in ambient temperature will lead to the increase in the mass flow rate
of air and the heat rejection of cooling tower, which will result in the lower inlet temperature of
CO2/mixture in the pump. Moreover, the thermal efficiency of transcritical Rankine cycle using
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CO2/R161 is decreased with increases in the turbine inlet pressure and ambient temperature, with
thermal power being used as the heat source.
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Nomenclature

h enthalpy (kJ/kg)
Q heat transfer rate (kW)
m mass flow rate (kg/s)
U heat transfer coefficient (W·m−2

·K−1)
cp specific heat capacity (kJ/kg·K)
T temperature (K)
A heat exchanger area (m2)
D inner diameter (m)
K coefficient of loss of air
H height (m)
L length (m)
Greek symbols
∆T temperature difference (K)
ρ density (kg/m3)
Acronyms
ORC organic Rankine cycle
TRC transcritical Rankine cycle
LMTD logarithmic mean temperature difference
NDDCT natural draft dry cooling tower
Subscripts
p pump
t turbine
cool cool water
a air
i inlet
o outlet
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