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Abstract

The common view is that, in boundary lubrication, the load is transmitted solely through
directly contacting asperities due to the extremely limited lubricant availability or lacking
hydrodynamic force generation. The asperities may transmit force via their boundary
layers or a thin liquid lubricant film in between. Hypothesizing that the latter mechanism
dominates, a friction simulation model was developed for the boundary lubrication regime
to investigate whether the contact shear force, and consequently the friction coefficient, are
exclusively governed by the shearing of this thin lubricant film between the contacting
asperities. In the very thin films at the asperity contacts, the extremely high pressures
suggest that the limiting shear stress regime prevails. This means that the shear stress
between two asperities sliding relative to each other is equal to the limiting shear stress
corresponding to the local pressure. The model is applied to calculate the friction coeffi-
cient of a lubricated two-disc tribological contact before and after a wear experiment. It
comprises a contact model, based on the Boundary Element Method (BEM), to determine
the pressure distribution at the asperity level; a limiting shear stress model to evaluate the
corresponding shear stress as a function of pressure; and a friction model to compute the
overall coefficient of friction. Two base oils are considered in the analysis, a mineral oil and
a synthetic oil, both unadditivated. The calculated coefficients of friction are compared
with experimental results, the limitations of the modeling approach are discussed, and an
updated model is proposed for the specific case of two contacting steel bodies lubricated
with additive-free oil.

Keywords: contact pressure; asperities; half space theory; BEM; limiting shear stress;
boundary lubrication; friction coefficient; wear experiment

1. Introduction

Machine elements, such as rolling element bearings and gears, support loads, guide,
or transmit forces in concentrated mechanical contacts. The characteristics of individual
tribo-mechanical contacts greatly influence the function and efficiency of the entire machine
element or even drive system. A profound understanding of the tribological behavior
is therefore essential to potentially optimize machine elements with regard to energy
efficiency and service life. This is a particularly complex task in the case of lubricated
contacts, which form a tribological system consisting of the two contacting bodies and the
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lubricating film, and the multiphysical interactions between the solid bodies and lubricant
film determine the behavior of the tribological system. The main causes of failure are
usually fatigue, lubrication failure, and wear.

Accurate prediction of wear in order to optimize machine elements requires a detailed
understanding of local surface interactions and energy input, making the determination of
friction crucial. Friction modeling, on the one hand, requires the determination of contact
pressure, which serves as a fundamental parameter for evaluating frictional forces in such
models [1-3], and on the other hand, a clear understanding of the underlying mechanisms
responsible for friction in lubricated contacts. This is because friction can generally be
classified dry, boundary, mixed, and fluid friction [4]. The latter three are associated
with lubricated contacts, depending on the lubrication regime. In full-film lubrication,
two surfaces in relative motion are completely separated by a lubricant film, whereas in
mixed lubrication the separation is only partial. As a result, in mixed lubrication, the
hydrodynamic pressure generated in the lubricant supports only part of the applied normal
load, while the remaining load is carried by asperity contacts. The proportion of load carried
by asperities depends on the available lubricant film thickness and increases as the amount
of lubricant in the contact decreases. Boundary lubrication represents the extreme form
of mixed lubrication, in which the lubricant becomes insufficient to generate significant
hydrodynamic pressure and the normal load is therefore almost entirely supported by
asperity contacts.

Real-world machine elements frequently operate in boundary lubrication, especially
under heavy load or dynamic conditions, e.g., during start-stop cycles. Here, surfaces
are only separated by a thin film, with asperities carrying the contact pressure, similar
to dry conditions [5]. This regime poses significant wear challenges, particularly under
sliding conditions [6]. Furthermore, accurately assessing friction in boundary and mixed
lubrication also requires accounting for surface roughness and asperity contact pressures.
Boundary lubrication was first introduced by Hardy and Doubleday [7], who discovered
that, in cases of insufficient lubrication, even a thin molecular film adsorbed on the surface
could enhance sliding. These adsorbed layers modify the surface interactions such that the
resulting friction is lower than in dry contact, even though in both cases the normal load is
carried entirely by the contacting asperities [4]. Another resulting difference between the
boundary lubrication regime and the mixed lubrication is the contribution of the macro-EHL
fluid shearing in the mixed lubrication to friction. This contribution is negligible or absent
in boundary lubrication, as the lubricant is even less available than in mixed lubrication.

Several models have been proposed to explain friction mechanisms in the boundary
lubrication regime. Bowden and Tabor [8] identified adhesion as the primary source of
friction in dry contacts and suggested that, in lubricated contacts, molecular lubricant
layers reduce friction by preventing direct asperity contact and promoting shear within the
film. Consequently, the frictional behavior of boundary-lubricated surfaces would depend
largely on the degree of lubricant film breakdown during sliding, which may permit local
asperity welding [8]. Experimental studies have shown that long-chain molecular mono-
layers exhibit high resistance to breakdown and that film integrity, specifically its coverage,
strength, and shear resistance, is a key factor governing frictional behavior in boundary
lubrication [9]. Furthermore, the concept of a lubricant film sticking on micro-structured
surfaces despite insufficient lubricant availability, as encountered under boundary lubri-
cation conditions, is supported by the work of Peta et al. [10], who showed that surface
microgeometry can strongly enhance liquid motion and pinning on solid surfaces.

In contrast, Komvopoulos et al. [11] proposed ploughing and material displacement
as dominant friction mechanisms. Shisode et al. [12] developed a model considering
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ploughing and lubricant film shearing, building on the single asperity model by Mishra [13],
which estimates ploughing forces on asperities.

Teodorescu [14,15] integrated friction models into numerical simulations, highlighting
the complexity of tribological systems. It was shown that, in such systems, friction is
influenced by surface roughness, material properties, and dynamic operating conditions,
with the entrainment speed and the pressure-dependent lubricant viscosity playing the
most dominant roles. Terwey [16,17] proposed a mixed lubrication model distinguishing
liquid and boundary friction, neglecting ploughing and adhesion effects, and focusing on
the shearing of lubricant films under high pressure. This model considers the limiting shear
stress (LSS) as critical in contacts, describing the pressure-dependent shear stress variation
using Wang’s model [18,19].

The LSS of a fluid represents the maximum amount of shear stress that a fluid is capable
of transmitting. In some ways, it behaves similarly to the traction bounds considered
in [18]. The LSS has been determined in different studies using various methods, most
notably the use of high-precision rheometry, such as modified Couette or falling-rod
viscometers [20,21]. These methods allow direct control of pressure and shear rate but
are limited to lower shear and pressure conditions than those typically encountered in
concentrated contacts of machine elements, such as rolling bearings or gears. High-pressure
chamber experiments [22,23] and specialized elastohdydrodynamic lubrication (EHL)
setups, including the bouncing-ball apparatus [24], have also been used.

However, in the absence of such specialized setups, which are very complex and
often not readily available, the determination of the limiting shear stress through traction
measurements performed on twin-disc experiment rigs has become a widely adopted
approach [18,19,25,26]. A detailed description of the procedure for determining the LSS
using a twin-disk test rig has been presented by Ma [27]. Measurements on the twin-disc
tribometer, however, provide integral values that are measured in summary for the entire
loaded contact. Therefore, the maximal average shear stress values (MSS) determined do
not exactly represent the LSS [28], but have been considered as an acceptable approximation
to it [18,26,29-31].

Although shearing of the lubricant film is recognized as a potentially significant
contributor to friction [8,14,32,33], it has not been sufficiently considered in the development
of friction models for boundary lubrication. This is particularly relevant when one considers
that the effects of interlocking surface irregularities are often negligible and that ploughing
occurs predominantly between bodies composed of dissimilar materials with different
mechanical properties [34]. Furthermore, specific surface roughness patterns, particularly
surface undulations, have been shown to reduce the ploughing contribution to friction [35].

The modeling of boundary lubrication friction has been addressed by several re-
searchers, but most commonly within the framework of mixed lubrication models, where
hydrodynamic and asperity-contact contributions are combined [36—40]. Such approaches
are generally based on the load-sharing concept [41] and require a contact pressure model,
which can be broadly classified into deterministic formulations [37,39,42] and statistical
asperity-based models [38,40]. The fluid-related friction contribution is typically obtained
by solving the Reynolds equation to compute the lubricant shear stress [36,39]. However,
in these works, in contrast to the approach of Terwey [33], the friction between contact-
ing asperities is most often treated as purely dry contact, and a material-dependent dry
coefficient of friction is therefore applied [39,40]. A boundary friction simulation was, for
example, attempted by Lee et al. [43]; however, in that work, no lubricant was considered,
and the contact was also modeled as purely dry.

In light of these observations, this study explores Terwey’s [16,17] assumption that,
in the boundary lubrication regime, the shear stress between asperities is defined by the
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LSS of the lubricant film trapped between these contacting asperities, which is pressure
dependent. To assert the validity of this assumption, an LSS-based boundary friction model
that is free of the macro EHL friction present in Terwey’s mixed lubrication friction model
is introduced. This allows LSS-driven friction alone to be investigated. A mineral oil and a
synthetic oil are considered and characterized accordingly. To assess the limitations of the
LSS-based boundary lubrication friction model, friction experiments were performed on a
twin-disc tribometer under extreme operating conditions, including very low entrainment
speeds, high oil temperatures, and high contact pressures, in order to approach boundary
lubrication as closely as possible. Mineral and synthetic oils with very low viscosities
were selected for this purpose. These experiments provided empirical data for model
evaluation and validation, allowing for a critical comparison with the model’s predictions
and ultimately demonstrating its limitations in real-world tribological scenarios.

2. Materials and Methods

As illustrated in Figure 1, this work employed a combination of numerical and experi-
mental methods and was centered around the model contact between the two rings of a
twin-disc tribometer. The numerical prediction of friction was initiated by calculating the
pressure distribution for the contact between the two rough disks, taking the asperities
into account. LSS measurements were used to characterize the shear stress model for two
different lubricating oils (mineral and synthetic). The calculated pressure distribution
was then used as input for the LSS model to compute the shear stress distribution and
derive the prediction of the coefficient of friction (COF). Finally, friction experiments were
conducted using the twin-disc experimental setup. These experiments provided empirical
data, allowing for a critical comparison with the model’s predictions.

. 3D deterministic
surface roughness

experimental COF

J twin-disc tribometer ¢ E
Y oo ;

\ 4 \ 4 \ %
| pressure model | | LSS model | predicted COF
I} pressure distribution Ab shear stress distribution 4
‘ ‘ 500 .
[, :
0 0

2 - . -
width in mm Numerical friction model i

m

length in mm

length in mi

Figure 1. Schematic overview of the study workflow, combining numerical and experimental
methods.

2.1. Numerical Methods
2.1.1. Surface Measurement and Digitalization

The three-dimensional surface topographies of the rings used in the twin-disc tribome-
ter were recorded using a laser scanning microscope (VK-X200, Keyence, Osaka, Japan).
Measurements were performed with a 100x telephoto lens featuring a numerical aperture
of NA = 0.73. Surface height was determined by optical confocal analysis with a vertical
step size of 0.1 yum. Each individual topography image consisted of 1024 x 768 pixels,
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corresponding to a field of view of approximately 142.7 ym x 107.0 pm and a lateral
resolution of ca. 139 nm per pixel. As the total surface area exceeded the available field
of view, multiple overlapping images were acquired and subsequently stitched together
using the device software to generate a continuous surface topography map.

Several steps were required to extract the roughness data from the measured data in a
consistent way. Despite being roughly centered, the measured surfaces were not centered
on the nm scale, as required to analyze the surfaces uniformly in the following. To correct
this, an initial second-order polynomial fit was performed, allowing the maximum z value
of the smooth surface component to be detected and the surface to be centered around
this value. A secondary polynomial fit then empirically determined the surface curvatures
with a higher accuracy, as only the curvature terms remained to be fitted. By removing the
curvatures as determined by the second fit, the roughness profile was isolated and then
resized for the numerical analysis.

2.1.2. Contact Mechanics

The boundary element method (BEM), based on the half-space theory developed
by Boussinesq [44] was used to calculate the spatially resolved contact pressure between
the two rough rings of the twin-disc tribometer similar to [45]. In the following, we give
only the essential details of this calculation to help explain the underlying assumptions
and scope. With this method, the contact between two rough bodies is represented by
a single equivalent surface obtained by superimposing the height profiles of both solids.
The resulting composite profile, defined as the sum of the individual surface heights, is
then treated as a deformable half-space in contact with a rigid plane, allowing the normal
displacement d, at one point (x,y) due to a load p applied at another point (x’,y’) to be
computed using the following function:

_ (11— P y)
) = e

(1)

whereby v is the Poisson’s ratio and E is the Young’s modulus. Due to the linear nature
of the differential equation, we may apply a superposition principle, integrating over all
points (x,y’) to arrive at the total elastic deformation due to pressure applied at all points

(1-12) x',y') dx' dy’
da(x,y) = //w_x i e @

This equation represents a convolution integral, where the Green’s function is given by

in the plane:

, o (1—1/2) 1
Glx,x,yy) = 7-E ’¢(x_x/)2+(y—y’)2'

)

As a convolution integral is used, the Fast Fourier Transform (FFT) and then the Inverse
Fast Fourier Transform (IFFT) may be applied to evaluate the deformation in Fourier space,
accelerating the evaluation time [46]. To solve this, an open-source implementation of
this algorithm published by Hansen [47] was employed. This algorithm requires the
number of elements along each side of the contact area to be a power of two. For the
intended computational analysis, the rough surfaces were discretised with a rectangular
mesh as shown in Figure 2. The figure qualitatively shows the elastic deformation d;
at a given coordinate (x,y) caused by a pressure p acting on the mesh element located
elsewhere (x’, /). The pressure distribution was treated as a piecewise constant over the
discrete elements.
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Considering that the entire sliding contact was simulated, the rectangular meshed
area measured 5.2 mm X 3.3 mm. The initial lateral resolution (557.49 nm) of the measured
surface data was slightly modified through interpolation to achieve the discretisations
required for the use of the BEM algorithm. A new mesh with element dimensions of
dy =806 nm (in the rolling direction) and dx = 635 nm (perpendicular to the rolling direction)
was defined while maintaining the original vertical resolution. This corresponded to
4096 and 8182 elements in the rolling and transverse directions, respectively. This mesh
size is fine enough to accurately capture the relevant surface roughness geometry while
keeping the total number of mesh elements low enough to ensure reasonable computation
times; furthermore, the mesh size was also many times finer than needed for pressure
convergence [47]. Consequently, no mesh refinement or sensitivity study was necessary to
verify convergence of the numerical results and was therefore omitted.

I oy O

2 a0
y
X

Figure 2. Schematic representation of (a) the numerical model and (b) the discretisation of a rough

A

y _"& 2

3

del (ny/)

z )

surface section.

It should be noted that plastic material deformation was not considered within the
scope of this study. However, the pressure was cut at a maximum value of ppardness, COT-
responding to the hardness of the ring material. Terwey [33] previously examined the
effect of imposing a pressure limit on contact pressure calculations and showed that the
use of Phardness provides a suitable representation. The rings used in the experiments
had a Rockwell hardness of 60 HRC, which approximately corresponds to a Vickers hard-
ness of 700 kgf/mm? [48]. Using the conversion factor 1kgf/mm? = 9.81 MPa, this yields
Phardness = 6867 MPa.

2.1.3. Friction Prediction

As previously mentioned, friction was derived based on the assumption that the shear
stress between two contacting asperities undergoing sliding motion is equal to the LSS of
the thin fluid film separating the asperities, which is inherently dependent on the normal
load acting between the asperities.

Within the scope of this work, the following model of Wang [19] was employed to
describe the LSS as a function of pressure and, consequently, to determine the shear stress
distribution once the pressure distribution had been obtained:

, _J ¢ (p—po)+1 forp=>po
Tim (P) —{ - For p < po. 4)

Thereby, the LSS remains constant at the value 7. up to the critical pressure py. Beyond
this threshold, the LSS increases with a linear dependence on increasing pressure. Thus, the
key parameters defining Wang’s model are the critical shear stress 1, the critical pressure
po and the slope .
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Once the local shear stress for each mesh element of the contact surface was deter-
mined, the global shear force acting on the contact was calculated as the sum of the local
shear forces from all mesh elements:

m n
Fshear,G =dy-d Z Z hm xlr ]/] %)
:1 =1

The resulting contact COF was calculated as the ratio of the global shear force to the
normal force pressing the two rings together:

F,
COF = =8, 6)
n
2.2. Experimental Methods
2.2.1. Materials and Experimental Setup

All the experiments for LSS calibration and COF validation were carried out on a
custom-made twin-disc tribometer as described in [19,49,50]. As illustrated in Figure 3, the
experimental setup consists of two centrally positioned rotating shafts, each with a disc
mounted at its end. A hydraulic loading unit enables the application of a normal force (Fy).
The shafts are driven independently by two motors, allowing their speed to be regulated
and set a specific slide-to-roll ratio (SRR). The samples consisted of two discs made of
100Cr6 bearing steel (1.3505, AISI 5210), each with a radius of r = 60 mm with surface
roughness from the finishing process retained to reduce the effect of ploughing, as outlined
by Tian [35]. One of the discs had a crowned profile with a radius of r. = 120 mm, while
the other had a flat profile. A sensor integrated into one of the shafts measures the torque
(T) generated by the frictional forces, which is then converted into the COF:

T

COF = E

@)

Throughout the experiment, the machine continuously recorded key operating data,
including disc speeds, torque, applied load, and oil temperature, at a sampling frequency
of 1000 Hz.

(a) (b)

R120 mm radial load

= Motor 2

++ lubricant == =g

@120 mm
1
I
|
|
|
|
]
I

Motor 1

AN 7777 4 =
crowned cylindrical /

Figure 3. (a) Discs used in the experiments and (b) schematic illustration of the twin disc tribometer.

i

A temperature-controlled oil circulation system is used to supply lubricant. The
temperature is controlled via a sensor directly at the contact inlet. Within the scope of
this study, two different lubricants were used: a mineral-based oil (Fuchs, referred to
as MIN) and a synthetic base oil (Spectrasyn 4, EXXonMobil, referred to as PAO). As
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conventional lubricants contain specific additives like zinc dialkyldithiophosphates, for
this work, unadditivated lubricants were chosen to avoid the influence of the tribofilms.
The dynamic viscosities were measured using a CINRG CS-HVA-1 Houillon viscometer in
accordance with the standards DIN 51659-3 [51], DIN ISO 2909 [52], ASTM D2270 [53], and
ASTM D7279 [54]. The results, together with the densities provided by the manufacturer,
are summarized in Table 1.

Table 1. Viscosity and density data of the lubricants.

Parameter Unit MIN PAO
V100°C mmz/s 10.5 4.1
VageC mm?/s 97.4 19
density (15°C) l<g/m3 868 817

Prior to performing the experiments, the rings were cleaned and characterized in a
multi-step process, i.e., ultrasonic cleaning in acetone, followed by surface measurement
via LSM (VK-X200, Keyence, Osaka, Japan), and finally an additional ultrasonic cleaning
step in isopropanol. The discs were then mounted on the experimental setup to initiate
the experiments.

2.2.2. Traction Experiments and MSS Derivation for Model Calibration

The LSS model was calibrated for the MIN and PAO oils by determining the key
parameters that define it: the critical shear stress 7, the critical pressure, py and the slope .
The critical shear stress 7. of each oil, which defines the first part of the bilinear
relationship between the LSS and the pressure, represented graphically (see Figure 4b) by
the horizontal curve, was computed as [21]
p-Rg-T
Te=—72°>—, 8
‘ Mol ( )
with the density p, the universal gas constant Ry, the temperature T, and the molecular
weight My,,o. The latter was computed in the following way [55]:

Mol = 180 + S(H (v37.78c) + 60), )
H(v) = 870 -loglog(v + 0.6) + 154, (10)
VSF = H(vs778c) — H(vegsooc), (11)

S(v) = 3.562 —0.01129 - VSF — 1.857 -10~° - VSF? +6.438 - 1078 - VSF?, (12)

with the kinematic viscosity v.

The second linear branch of the LSS model was obtained by fitting a linear function to
experimentally determined LSS data points measured at different contact pressures (see
Figure 4b). The LSS data for the mineral oil and PAO were obtained using the twin-disc
tribometer and the experimental rings shown in Figure 3, following the procedure described
by Ma et al. [27].

According to this method, the LSS corresponding to a given applied load (and thus
a given contact pressure) is determined from a traction experiment performed at an en-
trainment speed selected to ensure full-film lubrication while avoiding significant thermal
effects. During the experiment, the slide-to-roll ratio (SRR) was gradually increased from
zero until the shear stress reached a maximum value. Thereby, traction curves as schemati-
cally shown in Figure 4a were obtained by measuring the friction force between the two
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rings and converting this into the shear stress as a function of the shear rate as depicted in
Figure 4b. The maximum value of the shear stress was taken as the limiting shear stress.

Due to the non-uniform distributions of pressure, temperature, and shear stress within
the contact, the maximum shear stress obtained does not strictly correspond to the LSS;
instead, it represents the maximum average shear stress. In this study, the LSS was therefore
approximated by the maximum average shear stress (MSS). The MSS was then calculated
by dividing the maximum shear force Fg,e,r by the Hertzian contact area Ag:

shear
= —shear 1
MsS = 1 ; (13)

A corresponding curve of the COF as a function of pressure could also be derived
from the shear stress model (Figure 4c).

0 linear (a)

(b)

ms

' non linear
4P
]

shear stress

ﬂ
o

-
>

slide to roll ratio )25 P, B P,
pressure

mss: maximum average shear stress

P < B <P

local COF

COF: coefficient of friction

local COF = sheat stress/pressure

\ 4

local pressure

Figure 4. (a) Schematic of a traction curve for fixed entrainment speed and load, (b) LSS curve
according to the model of Wang and (c) resulting friction as a function of pressure [19].

The MSS of the MIN and PAO at different pressures was determined experimentally.
The inlet temperature of the oil during the traction experiments was set to 22 °C for all
experiments to facilitate a full lubrication regime. The limiting shear stress is widely
assumed to be fluid-specific, but not dependent on temperature [21,56]. However, whether
a plateau of a traction curve can be evaluated on a twin-disc machine clearly depends
on the local viscosity and therefore on the local temperature of the fluid in the Hertzian
contact area (see [31]). If the viscosity is too low, the local shear stresses will either not reach
the pressure-dependent limiting shear stress or will drop below it again due to frictional
heating or shear thinning. Therefore, to derive the true limiting shear stress as a function of
pressure, a number of conditions must be fulfilled:

¢ Firstly, the pressure threshold of Py (see the start of the linearly rising section in the
bilinear approximation in Figure 4a) must be exceeded.

*  The viscosity must be sufficient to reach the limiting shear stress, or to avoid dropping
prematurely before it is reached.
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¢  The viscosities in combination with speeds and thereby film thicknesses must also
be high enough to avoid asperity interaction. However, increasing the speed is also
limited due to frictional heating.

Therefore, a sufficiently high viscosity is a prerequisite. For a given fluid, this can be
achieved by lowering the temperature, as was done in the work presented here.

2.2.3. Friction Measurement for Model Validation

Extended friction experiments were carried out to validate the numerical friction
model. In these experiments, the two discs mounted on the respective shafts of the twin-
disc tribometer were brought into contact under a defined radial load. The interface was
lubricated with the designated oil, which was heated to the target operating temperature.
The shafts were driven at different rotational speeds to induce sliding within the contact.
Each experiment was conducted over a specified duration until a noticeable change in
surface topography, indicated by a significant decrease in the friction curve, was observed.

The relevant data obtained from these experiments were the surface topography of the
experimental specimens before and after the experiments as well as the recorded COFs over
time. The root mean square (rms) roughness values of both discs prior to the experiments
as well as the key experimental parameters are summarized in Table 2. The experiments
with MIN were run for 100h and the ones with the less viscous PAO oil for 17.5h. It is
important to note that the experiemntal duration is not relevant for this study, as the focus
is not on wear but on the friction coefficient of the sliding contact at a specific moment
in time.

Table 2. Summary of relevant experimental parameters for friction and wear measurement with MIN
and PAO.

Parameter Unit MIN PAO
oil’s contact inlet temperature °C 113 117
normal load kN 13 9
entrainment speed m/s 0.2 0.3
Sq cylindrical ring pm 0.38 0.39
Sq crowned ring pm 0.66 0.41
SRR % 15 15
exp. duration h 100 17.5

The lubrication regime was estimated using the film thickness ratio [57,58]:

L
/2 2
SCh +Sflz

with k. representing the central lubrication film thickness and Sgq, , the root mean square

A= (14)

(RMS) roughness of both contacting bodies. The central lubrication film thickness was
computed for each experiment according to the formula proposed by Hamrock and
Dowson [59]:

Bepoint = Re 2,69 G- U0 . W09 . (1 0,61 ¢ 07%%), (15)

where G, U, W are the dimensionless parameters for material, speed, load, and k. the
elasticity ratio, respectively [60]. The value Ry is the reduced radius and is calculated from
the principal radii Ry and R, of both rings in the entrainment direction:

11 1
T RTR (16)
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The values of these parameters are summarized for MIN and PAO experiments in the
following Table 3.

Table 3. Summary of relevant parameters for the calculation of the oil film thickness.

Parameter Unit MIN PAO

G °C 298 x 10° 2.74 x 10°

u kN 224 x 10713 1.26 x 10713
w m/s 6.32 x 107° 438 x107°
ke 25 25

he m 3.24 x 1078 2.16 x 1078
lambda ratio (1) - 0.043 0.038

The calculated lambda ratios of both experiments were found to be much lower than
1, indicating operation in the boundary lubrication regime [61].

3. Results and Discussion

3.1. Results
3.1.1. Traction Experiments

The MSS values obtained, along with the entrainment speeds at which they were
determined for each pressure level, are summarized in Table 4. The traction curves at
the speed at which the MSS determined are shown in Figure 5 and Appendix A for each
pressure. The respective critical shear stresses 1. of both oils were calculated as described
in Section 2.2.2 and amounts to 4.12 MPa for MIN and 5.29 MPa for PAO.

Using the obtained data, the MSS-pressure curves for both oils were constructed as
described in Section 2.2.2. The resulting curves are shown in Figure 6. The circles in
the figure represent the experimentally determined MSS values at the different average
pressures listed in Table 4.

Since the MSS was used as an approximation of the LSS, the curves shown in the figure
represent the calibrated bilinear LSS models according to Wang [19], which are employed
in the subsequent analysis. The mathematical expression of the calibrated LSS model for

MIN is given by:
0.086 - (p — 326 MPa) +4.1MPa for p > 326 MPa
Tim (P) = (17)
4.1 MPa for p < 326 MPa,
and for PAO by:
0.067 - (p —545MPa) +53MPa  for p > 545MPa
Tim (p) = (18)
5.3 MPa for p < 545MPa.

For comparison, Habchi and Bair [62] reported the following pressure-LSS relationship
for PAO based on traction experiments.

Tim (p) = 0.06 - p (19)

It was not possible to identify comparable literature data for MIN, as was done for
PAO. However, assuming that the results obtained for PAO are acceptable, and considering
that both oils were characterized using the same experimental procedure following the
method proposed by Ma et al. [27], the resulting data can be assumed satisfactory for the
purposes of this study.
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Table 4. MSS of MIN and PAO at different averaged pressures in °C.
Unit Average Pressure in MPa
628 791 905 997 1074 1141 1201
T °C 22 22 22 22 - 22 22
MIN U m/s 2 1 1 1 - 1.5 1.5
MSS MPa  28.04 4584 5539  62.66 - 73.02  78.87
T °C 22 22 22 22 22 22 -
PAO U m/s 6.5 6 7 7 7 7 -
MSS MPa 1031 2294 28.6 3519  40.27  45.23 -
a b
0.10 ( - ) 0.10 ( - )
628 MPa 628 MPa
0.09+ 791 MPa . 0.09f—791 MPa .
905 MPa 905 MPa
0.08 997 MPa 1 0.081} 997 MPa ]
1141 MPa 1074 MPa
007} 1201 MPa _ 007} 1141 MPa _

0 5
SRRin %

10

0.00 :
0

5
SRR in %

10

Figure 5. Traction curves at the different average pressures from which the COF for the calculation of

the MSS was determined for (a) MIN and (b) PAO.
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Figure 6. Experimentally determined MSS values (circles) at different pressures and the resulting fit
(blue dashed line) of MSS versus average pressure, including the critical shear stress (grey dashed
line) and critical pressure (red value) for (a) MIN and (b) PAO.
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3.1.2. Friction and Wear Measurement

Representative COF-time curves recorded during the friction experiments for MIN
and PAO are shown in Figure 7a,b, respectively. Thereby, the blue curves show the raw
COF values measured by the torque sensor. These values exhibit considerable fluctuations,
caused by instabilities in various subsystems of the experimental setup, such as the normal
loading system, as shown in Figure 7c,d. It can also be seen that the radial loads are slightly
different at the beginning and the end of each experiment.

(a) | (b

0.10 0.10
0.08
®
O 0.06
0.04
0 50 100 0 5 10 15
time in h time in h
(c) (d)
~ 15 - - ~ 15 - -
X X
k= k=
3 I
< -
o o
© ©
© ©
N N 5 N N N
0 50 100 0 5 10 15
time in h time in h

Figure 7. Measured (blue) COF (a,b) and radial load (c,d) and Gaussian smoothened values (red) for
(a,c) MIN and (b,d) PAO.

To better visualize the overall trend, the red curve displays the COF signal after
applying Gaussian smoothing with a window size of 200. This smoothening process
reduced random noise and short-term variations, making it easier to identify the underlying
friction behavior for both lubricants.

For MIN, the (filtered) COF decreased from approx. 0.1 at the beginning of the
experiment and stabilized at around 0.06 after 40 h. Subsequently, friction remained almost
constant at this value until the end of the experiment. The PAO showed a similar tendency
with a starting value of approx. 0.07 and a stabilization after 5 h around 0.05. However,
it should be noted that the PAO experiment exhibited considerably larger fluctuations in
friction, similar to those observed in its radial load.

Besides roughness, the ring curvatures were also affected by wear. Respective optical
images and cross-sectional views of initial and worn surfaces of the cylindrical rings are
depicted in Figure 8.

To better understand the effects of the changes in surface topography, relevant parame-
ters of wear measurement are summarized in Table 5. It is apparent that the RMS roughness
of all four rings decreased through the course of the experiments, i.e., smoothening oc-
curred. This also led to an increase of the A-ratio in both experiments, with the experiment
with MIN showing the higher decrease of roughness and increase of A-ratio. This can surely
be attributed to the longer experiment duration compared to PAO. However, the A-ratios
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at the end of the experiments were still well below 1, indicating boundary lubrication
throughout both experiments.

5 m
AT " Before -
oM Il
=
o e
= = After
g g9
a2 a2
£ £
5 5
20 20
e <
2 2
S 15
g 5f s 5¢
0 2000 4000 6000 0 2000 4000 6000

width in pm width in ym

Figure 8. Optical micrographs (top) and cross-sectional profiles (bottom) for initial (orange) and worn
samples (blue) for (a) MIN and (b) PAO.

Table 5. Surface roughness and A-ratio before and after friction measurement for MIN and PAO.

Parameter Unit MIN PAO

- - Start End Start End
Sq cylindrical ring pm 0.38 0.28 0.39 0.35
Sq crowned ring pm 0.66 0.1 0.41 0.27
lambda ratio (1) - 0.043 0.11 0.038 0.049

3.1.3. Numerical Prediction of Pressure and Shear Stress

The COF for each experiment was numerically predicted at the beginning and the end
of each friction experiment. This was done by using the real-time operating parameters of
the experiments at these moments (beginning and end) as input for the simulation. As the
radial load fluctuated substantially and differed considerably between the beginning and
the end of the experiments (see Figure 7), its values during the first and last 100 s of each
experiment were analyzed to determine the loads used as input for the simulation. This
time period was considered suitable because it was assumed to be short enough to prevent
significant changes in the surface topography (i.e., quasi—steady-state conditions), while
still being long enough to capture most of the fluctuation range of the applied load and
the COF. Three distinct load levels were therefore considered within each 100-s interval:
the maximum (Fpax), the minimum (Fy,in), and the average (Fmnean) load. The maximum
and the minimum values of the load and the COF are summarized in Table 6. The surface
topographies of the rings were measured before and after the experiments and were used
in the pressure calculations to account for the surface microgeometry.

Another potential factor contributing to the fluctuations in the COF is the alignment
configuration between the surface asperities, i.e., the peaks and valleys of the two experi-
mental rings in contact. When applying the BEM based on Boussinesq’s theory, the surface
topographies of both contacting bodies have to be summed. This operation effectively
combines their roughness profiles, meaning that the relative alignment of peaks and valleys
can substantially influence the resulting pressure distribution, as illustrated in Figure 9a.

https:/ /doi.org/10.3390/lubricants14030125


https://doi.org/10.3390/lubricants14030125

Lubricants 2026, 14, 125 15 of 32

Table 6. Radial load and corresponding COF at the start and end of the experiments for MIN and
PAO, used for simulation validation.

Parameter MIN PAO
Start End Start End
Unit Min Max Min Max Min Max Min Max
radial load kN 12.7 13.2 13 13.6 8.18 9.99 7.99 9.58

COF ~ 01038 01042 00554 0.0584 0.0614 0.085 0.0448 0.0598
(a) (b)

0 =
P2V /\

\ﬂﬁﬁﬂm L P2 || P2p || P2v || P2v || Wt ||V:It || wt |

Figure 9. (a) P2P and P2V roughness alignment configurations between the surface topographies
of the first (blue) and second (red) contacting bodies and (b) the simulation cases considered for
each experiment.

This effect is particularly evident at the beginning of the experiment, when the ring
surfaces, which exhibited turning-induced roughness, exhibit a regular and periodic pattern
of peaks and valleys. Specifically, a peak-to-peak and valley-to-valley alignment (P2P)
resulted in a combined surface with more pronounced roughness, characterized by higher
peaks and deeper valleys. In contrast, a peak-to-valley (P2V) configuration produced a
comparatively smoother surface with lower but more peaks and shallower valleys. Since
intermediate configurations can also occur during experimenting, these two cases (P2P
and P2V) were considered as representing the two extreme alignment conditions. By the
end of the experiment, however, surface wear had modified these patterns, leading to a
single possible alignment configuration in which the wear tracks on both rings are properly
aligned. This configuration will be referred to as the wear-track alignment (Wt). As a
result, seven distinct cases were considered for each experiment: four corresponding to the
beginning of the experiment and three to the end, as illustrated in Figure 9b. The resulting
combined surface topographies used for the simulation for both experiments at the start are
shown in Figure 10. Table 7 summarizes the average peak-to-valley height and the average
horizontal distance between two peaks (wavelength) for the P2P and P2V configurations
for both mineral oil and PAO simulation cases.

Table 7. Wavelength and peak-to-valley height of the P2P and P2V surface configurations considered

for MIN and PAO.
MIN PAO
Surface Configuration P2pP P2V pP2pP P2V
Wavelength in pm 118 59 100 50
Peak-to-valley height in pm 2.7 0.7 2.6 1

Pressure distribution

The radial loads as well as the respective simulation results, including the maximum
pressure, the average pressure (only of contacting elements), the corresponding Hertzian
pressure, as well as the average Hertzian pressure in contact and the real Hertzian contact
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area from the simulation, are summarized in Table 8. Note that, as discussed above, only
one configuration (Wt) of the surface topographies superposition is considered at the end
of the experiment. This configuration results from the requirement that the wear tracks on

both surfaces (crowned and cylindrical discs) are aligned.

(a)

1
—_

o
o

length in mm

—
—_

(b) .
2
o §
2
2 0 2 4
(d) .
2
o £
2
2 0 2 4

'
—_

o
o

length in mm

—
—

f

5 5 (f)

€

=

C

= 0

ey

=

2 P2P
P2V

-5 -5
-2 0 2 -2 0 2
width in mm width in mm

Figure 10. (a—d) Combined surface topographies in (a,b) in P2P and in (¢,d) P2V configurations as
well as (e,f) sectional profiles of the body for the experiment with MIN (a,c,e) and the experiment
with PAO (b,d,f) at the start.

Table 8. Comparison of contact pressure and real contact area between the Hertzian model (Hertz)
and the present BEM-asperity model (rough).

Pmax in MPa Pmean in MPa Areal in mm?
MIN PAO MIN PAO MIN PAO
CASE Rough Hertz Rough Hertz Rough Hertz Rough Hertz Rough Hertz Rough Hertz
start-Fnax-P2P 6867 2333 6867 2129 4627 1555 4726 1419 284 846 211 7.04
start-Fmean-P2P 6867 2319 6867 2064 4619 1546 4842 1376 279 836 188 6.62
start-Fnean-P2V 6867 2319 6867 2064 2496 1546 3634 1376 518 836 25  6.62
start-Fin-P2V 6867 2305 6867 1990 2532 1537 3407 1327 501 826 24 @ 6.16
end-Fnax-Wt 6867 2357 6867 2099 2240 1571 3685 1399 6.06 863 26  6.85
end-Frean-Wt 6867 2342 6867 2045 2249 1561 3648 1364 592 853 243 65
end-Fpin-Wt 6867 2326 6867 1976 1991 1550 2761 1317 655 841 289 6.07
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It can be seen from the values in Table 8 that the maximum allowable pressure
Phardness = 6867 MPa imposed in the pressure simulations is reached in all seven cases
for both oils. In addition, for both lubricants, a clear difference is observed between the av-
erage contact pressure pmean Obtained in the point-to-point (P2P) and point-to-valley (P2V)
configurations. As expected, the P2P configuration results in significantly higher average
pressures than the P2V configuration. This difference is particularly evident when compar-
ing the cases start-Fyean-P2P and start-Fnean-P2V, where the applied load is identical. For
MIN, the difference in pmean amounts to 2123 MPa, while for PAO it is 1208 MPa.

Within a single configuration at the start of the experiments (either P2P or P2V), where
only the applied load varies, the differences in pmean are comparatively small. For MIN,
Pmean differs by only 8 MPa within the P2P configuration and by 36 MPa within the P2V
configuration. For PAO, the corresponding differences are 116 MPa for P2P and 227 MPa
for P2V.

Another noteworthy observation is that the range of pmean values in the P2V con-
figuration at the start of the experiments is very close to that observed at the end of the
experiments, despite the significant smoothing of surface roughness caused by wear at
the end. The difference between the lowest pmean value in the P2V configuration and the
highest pmean value at the end of the experiment is relatively small: 256 MPa for MIN and
278 MPa for PAO. For PAO, the highest average pressure at the end of the experiment
(3685 MPa) is even higher than the lowest value in the P2V configuration (3047 MPa).

This behavior is likely due to the combined surface roughness profiles in the P2V
configuration at the start of the experiment. In this configuration, peaks on one surface
coincide with valleys on the opposing surface, leading to partial cancellation of roughness
features and a relatively flat combined profile. As a result, the effective surface topography
is flat, similar to that observed at the end of the experiment, where surface peaks have
been smoothed by wear. This interpretation is supported by the fact that the real (rough)
contact areas in the P2V configuration at the start and at the end of the experiments are
very similar.

The simulated, spatially resolved contact pressure distributions for MIN and PAO are
shown in Figures Al and A2 (Appendix A) for the start of the friction experiments, and in
Figures A3 and A4 for the end of the experiments.

Shear stress distribution

The shear stress distributions within the contact area were derived from the corre-
sponding pressure distributions using the established shear stress model. The maximal
shear and the average shear stress of all the shear stress distributions are also summarized
in Table 9.

Table 9. Maximal, average (mean) shear stress, and total shear force of all simulation cases.

MIN PAO
Shear Stress in MPa Shear Forcein N  Shear Stress in MPa  Shear Force in N

Case Max Mean Max Mean

start-Fmax-P2P 567 375 1066 426 2855 602
start-Fmean-P2P 567 375 1045 426 292 550
start-Frean-P2V 567 192 993 426 213 534
start-Fpin-P2V 567 195 976 426 198 475
end-Fpax-Wt 567 167 1029 426 216 562
end-Fpean-Wt 567 171 1011 426 214 519
end-Fpin-Wt 567 149 973 426 155 448
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In both cases (MIN and PAO), it was observed that the roughness profile configuration
P2P exhibited a higher local shear stress compared to the P2V configuration. For example,
for the experiment with MIN, the average shear stress for the P2P configuration was
374 MPa for both Fnax and Fnean. The average shear stress for the P2V configurations
was only 192 MPa and 195 MPa, respectively. This trend was similar for the experiment
with PAO and in accordance with the pressure distribution trends. The higher the radial
load, the larger the shear force. Moreover, for identical radial loads, the P2P configuration
produced higher shear forces than the P2V configuration.

The shear stress distribution results for MIN and PAO are shown in the Appendix A
in Figures A5 and A6 for the start of the friction experiments and in Figures A7 and A8 for
the end of the experiments.

3.1.4. Comparison of Experimental and Numerically Predicted COF

The global COFs obtained from the simulations are compared with the experimental
values in Figure 11. The deviation bars indicate for the experiments the range of COF
fluctuations measured during the experiments. For the simulations, they represent the
range covered by the different simulation cases considered. The upper limit of each
bar corresponds to the highest predicted COF among the cases, while the lower limit
corresponds to the lowest predicted COF. It can be seen that the numerical COF results
showed a similar trend for MIN and PAO at the start of the experiment. Compared with
the experiments, the COFs at the beginning of the experiments were underestimated at
the start. At the end, the COF was overestimated for MIN but seems to be comparable for
PAO. Another major limitation was the model’s weak sensitivity to surface smoothening
following wear, which experimentally led to a decrease in friction, while the numerically
predicted values varied only very slightly from the initial to the end. In the experiments,
the COF decreased by approx. 0.043 for MIN (from 0.10 to 0.057) and 0.02 for PAO (from
0.074 to 0.054), while the simulation predicted only minor decreases of 0.004 for MIN (from
0.079 to 0.0075) and 0.001 for PAO (from 0.059 to 0.0058).

Nevertheless, although the decrease in the predicted COF is negligible, it is more pro-
nounced for MIN (approximately 5%) than for PAO (approximately 2%). This is consistent
with the larger increase in the film thickness ratio (1) observed for MIN (approximately
74%) compared to PAO (approximately 28%), as shown in Table 5.

0.12 T T T T
0.1 MIN I experiment PAO
0.10 N simulation 1

0.079
0.075 0.074

0.08

0.057

6006
g0

0.04

0.02

0.00

start end start end

Figure 11. Experimentally and numerically determined COFs at the start and end of the experiments
with MIN and PAO.

In order to understand the reason for these limitations of the model as cited above,

it is necessary to examine the potential source of errors in the model proposed. Since
both the pressure simulation and Wang's calibrated LSS model were used as input for the
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friction prediction, their respective influence should be evaluated to further discuss their
respective roles.

First, the pressure calculation model did not explicitly account for plastic deformation.
Instead, a maximum pressure limit pp,,dness, Tepresenting the material’s hardness, was
defined. Although this constraint did not fully capture the complex plasticity behavior
that actually occurs within the contact region, it affected both the real contact area and the
pressure distribution in a manner similar to plastic deformation. Just as plastic effects would
increase the real contact area and redistribute the load, the pressure limit forced the load to
be transferred to neighboring asperities once it was reached on the most heavily loaded
ones. Therefore, the absence of an explicit plasticity model is not expected to strongly influence
the resulting pressure distribution. This suggests that the substantial discrepancy observed
between the experimental and simulated COF values likely originated from other factors.

Secondly, the calibration of Wang’s LSS model in this study was based on traction
experiment data performed on a twin-disc tribometer. However, the relationship between
the average values of the maximum shear stress and the average contact pressure, obtained
from the traction experiments and expressed through the LSS model, is used to approxi-
mate the corresponding local relationship between shear stress and contact pressure. As
discussed previously, the average shear stress does not exactly represent the local lim-
iting shear stress, as some contact elements in the contact continue to experience shear
thinning [28]. In addition, the MSS values were experimentally determined only up to an
average pressure of 1201 MPa for MIN and 1141 MPa for PAO. The shear stress values at
higher pressures were therefore obtained by extrapolating the linear MSS—pressure relation-
ship derived from the traction experiments. The validity of the resulting LSS model thus
relies on the assumption that the linear relationship observed between average pressure
and MSS remains applicable beyond the experimental pressure range. It should also be
noted that the accuracy of the experimentally determined data directly affects the precision
of the friction predictions.

To understand how the LSS model influences the COF results, the resulting
LSS—pressure relationship from the established LSS model is shown in Figure 12. The
blue curve in this figure represents the shear stress as a function of pressure (displayed
above for MIN and below for PAO). In each case, the red curve shows the shear stress
divided by the corresponding pressure on a logarithmic scale, representing the local COF
predicted by the LSS model as a function of pressure. These local friction—pressure curves
(red) of both MIN and PAO exhibit qualitatively similar trends. In the pressure range below
the critical pressure pg (326 MPa for MIN and 545 MPa for PAO), the local COF decreases
rapidly with increasing pressure, starting from very high values that approach infinity as
the pressure tends toward zero until it reaches its lowest value (0.013 for MIN and 0.01
for PAO) at pg. As the pressure increases further from py, the local COF of both oils starts
increasing again, initially rapidly and then more gradually, until it becomes nearly constant
with further increasing pressure. At the maximum pressure py = 6867 MPa, the local COF
is approximately 0.083 for MIN and 0.062 for PAO. These values lie just below the slope {
(0.086 for MIN and 0.067 for PAO) of the linear portion of the LSS—pressure relationship
above py (see Equations (17) and (18)). This demonstrates the strong influence of the slope
£ on the simulated contact COE.

To understand why the model overestimates the COF at the end of the test, the pressure
range in which the bilinear LSS model predicts a local COF lower than the experimentally
measured value (0.056 for MIN and 0.052 for PAO) is highlighted in yellow. This range is
bounded by the pressure limits p, and p}, for each lubricant. The contact elements whose
local pressures fall within this yellow range are responsible for reducing the predicted global
COF below the experimentally measured value. The cumulative pressure distributions
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for all three cases at the end of the test are shown in Figure 13 for MIN and PAO. These
diagrams indicate, for a given pressure, the fraction (from 0 to 1) of contact elements with
pressures less than or equal to that value.
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Figure 12. LSS (blue) and local COF (red) according to the LSS model in logarithmic scale
(a) for MIN and (b) for PAO (left); pressure range between P, and P, (shaded yellow) with lo-
cal COF < experimental COF at the end (0.056 for MIN and 0.052 for PAO).
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Figure 13. Cumulative probability of different pressures (a) for MIN and (b) for PAO and pressure
range between P, and P, (shaded yellow) with local COF < experimental COF at the end for each
respective lubricant.

https://doi.org/10.3390/lubricants14030125


https://doi.org/10.3390/lubricants14030125

Lubricants 2026, 14, 125

21 of 32

It can be observed that, in all three cases, only a minority of contact elements, approxi-
mately 20% for MIN and 45% for PAO, exhibit pressures within the range p, and p},, and
thus a local COF lower than the experimentally measured value at the end of the test. In
contrast, the majority of elements are subjected to pressures above p},, extending up to
6857 MPa. Both the larger fraction of elements in this high-pressure range and the broader
pressure interval contribute to maintaining a high overall COF. As a result, the proportion
of elements within the yellow range is insufficient to offset the contribution from regions
associated with higher local COF values. Consequently, the model continues to predict an
overall COF at the end of the test that exceeds the experimental value.

More observations emerge when the cumulative pressure distributions at the start of
the tests are added to the plot and the areas encompassing all respective cumulative curves
for both the start and the end conditions are highlighted, as shown in Figure 14.
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Figure 14. Areas in which the cumulative pressure probabilities of the respectives cases at the start
(blue) and at the end (red) lie (a) for MIN and (b) for PAO and pressure range between P, and P,
(shaded yellow) with local COF < experimental COF at the end for each respective lubricant.

It is evident from the figure that, although some differences exist between the high-
lighted areas, their boundaries are close to each other. In the case of PAO, the areas even
overlap. This observation, combined with the findings discussed above, explains the lim-
ited sensitivity of the LSS-based friction model to variations in the pressure distribution and
the resulting overlap of the predicted COF values at the start and at the end of the tests.

The main limitations of this study can be summarized as follows:

*  The local COF predicted by the model can never surpass or even reach the value 6,
which leads to the underestimation of the contact COF at the start. This observation
confirms the work of Bowden [8,9], according to which the frictional behavior of
boundary lubricated surfaces should be largely determined by the extent to which the
lubricant molecules break down during sliding. The film breakdown is assumed to
occur under harsh conditions, allowing direct contact of the boundary layers on top of
the asperities. Another mechanism that may lead to direct contact between boundary
layers is the squeeze-out of lubricant reservoirs trapped on surface asperities, resulting
from temperature-induced shear thinning under high pressure. The direct boundary
layer contact of the solid bodies will lead to friction coefficients exceeding 0.1.

¢  The predicted COF varies only slightly between the beginning and the end of the
experiment, in contrast to the experimental observations, even though the calculated
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pressure distribution changes significantly. This suggests that the partial solid body
friction (from direct boundary layer contact or even asperity adhesive interaction),
resulting from the rupture of the lubricant molecular film during sliding, if assumed,
is pressure-dependent and becomes more relevant at higher pressures.

*  The COF rises to unrealistic values at contact pressures below the critical pressure py.
This could contribute to the fact that the predicted COF at the end of the experiment is
higher than the experimental value. At such low pressures, the COF should approach
the fluid friction level, as the limiting shear stress is unlikely to be reached [31].

*  The LSS model is unable to output a low COF below a specific threshold (0.013 for
MIN and 0.01 for PAO).

Based on these observations, the initial shear stress model was updated to the follow-

ing model:
0.12 - Phardness fOr p = Phardness
Tlim(p) = g : (P - PO) + T fO?‘ Po < P < Phardness (20)
(te/po) - p forp < po,

The updated friction model was developed based on the following measures taken to
address some of the limitations mentioned above:

*  To account for partial solid body friction, a local COF higher than the maximum value
predicted by the LSS model but lower than the typical dry friction COF for steel-steel
contact was applied for local pressures reaching ppardness- Here, a value of 0.12 was
found suitable. As the number of elements reaching phardness decreases towards the
end of the experiment, the pressure dependence of the COF should be effectively
represented in the model. The parameter was calibrated based on the MIN experiment
by adjusting its value to yield a COF at the beginning of the experiment consistent with
the experimentally measured COF. The calibrated value was subsequently validated
using the PAO experiment. By doing so, we assume that both oils exhibit similar film
breakdown behavior at high pressures or that the boundary layers formed on surfaces
lubricated by the two oils exhibit comparable frictional properties. This assumption
is considered acceptable, as the present work represents a first attempt to investigate
and demonstrate the contribution of boundary layer interactions to friction under
boundary lubrication conditions.

*  For pressures between pg and phardness, the original LSS model was applied, meaning:
¢ =0.086and p* = 23.9MPa for MIN and ¢ = 0.067 and p* = 31 MPa for PAO. This
preserves the main assumption of this work, i.e., that the shearing of a thin lubricant
film between contacting asperities is the primary mechanism governing boundary
lubrication friction, when the boundary layers of none of the asperities come into
direct contact.

¢ For pressures below py, the smallest local COF predicted by the LSS model (local COF
at po, see Figure 12) was applied to maintain a more realistic COF values within this
pressure range.

The COFs predicted by this updated model, based on the previously calculated pres-
sure distributions, are shown in Figure 15.

The new model successfully addresses some of the main limitations of the original
formulation. First, it now predicts a higher COF values surpassing 0 at the start of the
experiments for both oils, which is in closer agreement with the experimental results.
Although the overall COF ranges were not identical between simulation and experiment,
the overlap considering the error bars was sufficiently large to consider the predictions
acceptable. Second, the model shows a larger difference between the COF at the start and
at the end of the experiment, reflecting the experimental trend. However, the decrease at
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the end remains smaller than that observed experimentally, and the predicted COF is still
higher than the measured value. One possible reason for this discrepancy is related to the
definition and identification of the boundary lubrication regime. In this study, the boundary
lubrication regime is characterized using the lambda ratio (1). However, this approach
has been criticized in the literature as the RMS roughness does not distinguish between
ridges and grooves, which can have very different effects on film formation [63,64]. As a
result, two surfaces with similar S values may in fact have very different topographies,
as was the case in this study. Despite the substantial smoothening of sharp ridges on
the experiment ring surfaces due to wear, the Sq values at the beginning and end of the
experiment remained comparable. Moreover, this method of regime characterization does
not account for the influence of micro-EHL lubrication [65,66]. This raises the question of
whether the system truly remained in the boundary lubrication regime at the end of both
experiments, as suggested by the calculated A-ratio (see Table 5), or whether running-in and
the associated surface smoothing caused a transition toward a less severe mixed lubrication
regime, in which additional entrainment effects would need to be considered. Many studies
using ball-on-disc tribometers have shown that full-film lubrication can still be achieved
at A values as low as 0.16 [67,68]. This indicates that mixed lubrication, with an effective
load-carrying contribution from macro-EHL and a resulting non-negligible fluid friction
component, may persist even at such low A values.

0.12 T T T T
MIN N experiment PAO
I sim. original
[ "Isim. updated

0.10

0.08
L
Q 0.06
O

0.04

0.02

0.00

start end start end

Figure 15. Experimentally and updated numerically determined COFs for the start and end of the
experiments with MIN and PAO.

4. Conclusions

This study advances the understanding of boundary lubrication by integrating mea-
sured surface topography and lubricant properties into a computational friction model
and directly comparing the results with controlled twin-disk experiments. The approach
considered both the evolving roughness profiles, thus capturing wear-induced changes,
and the impact of two distinct lubricants, a mineral and a synthetic oil, on the tribological
response under severe boundary lubrication conditions.

An original model was first developed and then updated. The original model was
able to distinguish between the two lubricants, reflecting their differing frictional behav-
iors in the simulation results. Furthermore, the inclusion of actual surface profiles (see
Figures 8 and 10) allowed a realistic representation of the pressure distribution in the con-
tact. Additionally, the numerical treatment of surface summation (i.e., the direct addition
of measured profiles from both contacting rings without realignment) was considered,
particularly at the start of the experiment, to take into account the arbitrary nature of ring
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alignment in the experimental setup. Nonetheless, several limitations were identified, and
some of these limitations were addressed, leading to an updated model.

While the numerical model accounts for pressure-dependent friction and evolving
surface topography;, it systematically underestimates the friction coefficient at the beginning
of the experiment, particularly for the mineral oil. At the end of the experiment, although
the model still overestimates the COF for MIN, the predicted COF for PAO appears to agree
with the experimental results. However, this agreement does not reflect an actual improve-
ment in model performance. Instead, it arises from the limited sensitivity of the predicted
COF to pressure, which remains close to the slope of the LSS model. Coincidentally, for
PAQ, this slope lies within the range of the experimentally observed COF (at the end).

This discrepancy can be partly attributed to the modeling assumptions, most notably,
the use of a bilinear LSS model to represent boundary friction. The approach, while
capturing key qualitative features, failed to reflect the more complex, nonlinear pressure
dependence of friction observed experimentally, particularly at very low and very high
local pressures.

The original model also demonstrated a limited sensitivity to changes in surface
topography due to wear. Experimentally, substantial wear and surface smoothing resulted
in a pronounced decrease in the COF, but the simulation predicted only a minor reduction.
This insensitivity can be traced to the narrow pressure window in which the model predicts
lower friction than the end-of-experiment experimental values, as shown by the analysis
of local pressure distributions and cumulative probability plots. These findings highlight
the need to refine the model’s description of surface evolution and its coupling to friction,
potentially by adopting more advanced approaches to roughness characterization that
distinguish between different morphological features such as ridges and grooves.

The limitations mentioned above were successfully mitigated by introducing a higher
COF (0.12) for the most heavily loaded asperities. This approach is based on the assumption
that, for these asperities, friction is no longer governed by the limiting shear stress, as
their boundary layers are in direct contact. Although the exact mechanism underlying
this behavior is not yet fully understood, it is assumed to result either from lubricant
film breakdown or from the squeeze-out of the initially pressurized lubricant cushion
caused by temperature-induced shear thinning during sliding. Although the chosen value
0.12 yields acceptable results within the scope of this study, its generalization requires
further investigation. One possible approach would be the detailed characterization of the
surface layers, for example, by XPS or ToF-SIMS analysis. In this context, it is important
to note that 0.12 was obtained through calibration based on experimental data acquired
with the mineral oil (MIN) and is therefore only valid for the specific case of two steel
bodies lubricated with additive-free base oil. Indeed, the boundary layer COF depends on
the material pairing, which in this study corresponds to that of a (lubricated) steel-steel
contact. If additives that alter the surface layers of the contacting bodies are present, a
different value than 0.12 would need to be considered. In addition, each oil probably
requires individual calibration of the COF, since each oil exhibits distinct shear-thinning
and film breakdown behavior.

Another point of concern in this work was the handling of the lubrication regime. The
boundary lubrication regime was identified via the A-ratio, which depends on the root
mean square roughness. However, this parameter does not differentiate between peaks and
valleys, and surfaces with similar root mean square roughness may have totally different
roughness profiles. Furthermore, recent advances in tribology highlight the potential
importance of micro-EHL even in nominally boundary-lubricated contacts. The updated
model did not account for such effects. In fact, a change in the lubrication regime cannot
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be captured by a simple adjustment of the original shear stress formulation, as it also
influences the pressure distribution within the contact.

Plasticity was approximated by imposing a maximum local pressure, but true plastic
deformation effects, including the associated redistribution of load and further growth of
the real contact area, were not modeled explicitly. This simplification could contribute to the
discrepancies between experimental and numerical results, particularly under conditions
of high load and significant surface modification.

It should also be noted that the bilinear limiting shear stress approach based on
an experimentally determined relationship between maximum average shear stress and
average contact pressure, assuming that it directly represents the local limiting shear stress
as a function of local contact pressure, is a simplification; it ignores the fact that the limiting
shear stress will never be reached at all contacts within the contact area. In reality, the
percentage of contacts where the local limiting shear stress is active rises with increasing
normal load. Frictional heating, which rises with sliding speed, will also affect local shear
stresses, especially through a transition to solid body friction caused by direct metal-to-
metal contact. Furthermore, assuming the critical shear stress to act at low contact stresses
is a simplifying approach. All these effects and points of concern will be addressed in more
detail in a subsequent paper. One approach to address this could be the determination of
the true LSS instead of the MSS using dedicated approaches such as the method proposed
by Bair [20,21] or the high pressure chamber (HPC) technique of Jacobson [22,23]. In
case that is not possible, the repetition of the traction experiments to at least clear any
experimental uncertainties could be performed.

5. Summary and Outlook

The investigations presented in this paper started from the assumption that, at the
transition between boundary and mixed lubrication, thin lubricant films are trapped under
high pressures at the top of asperities. Their shear resistance was supposed to equal the
limiting shear stress of the lubricant and to dominate the friction coefficients derived from
experiments. The limiting shear stresses were assumed to be a bilinear function of pressure,
which can approximately be determined by traction experiments in full film lubrication.
This way, it was possible to meet the order of magnitude of the experimentally derived
friction coefficients. However, there are systematic deviations that indicate the presence of
additional effects, which were subsequently analyzed in detail and shall be the subject of
future research.
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Abbreviations

The following abbreviations are used in this manuscript:

BEM Boundary element method
COF  Coefficient of friction

EHL Elastoentrainmentymic lubrication
FFT  Fast fourier transformation
IFFT  Fast fourier transformation
LSM  Laser scanning microscope
LSS  Limiting shear stress

MIN  unknown mineral oil

MSS  Maximum average shear stress
PAO  Polyalphaolefin

P2P  Peak to Peak

P2V Peak to Valley

SRR  Slide to roll ratio

rms  Root Mean Square

8] entrainment speed

Wt Wear track
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Figure Al. Pressure distribution for MIN with the combined topographies in (a,b) P2P and in
(c,d) P2V configuration as well as for the loads (a) Fmax, (b,d) Fmean and (c) Fyin at the start of
the experiment.
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Figure A2. Pressure distribution for PAO with the combined topographies in (a,b) P2P and in
(c,d) P2V configuration as well as for the loads (a) Fmax, (b,d) Fmean and (c¢) Fyin at the start of
the experiment.
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Figure A3. Pressure distribution for MIN with the combined topographies (a—c) Wt for the loads
(@) Emax, (b) Fimean and (c) Fyin at the end of the experiment.
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Figure A4. Pressure distribution for PAO with the combined topographies (a-c) Wt for the loads
(@) Emax, (b) Finean and (c) Fyin at the end of the experiment.
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Figure A5. Shear stress distribution for MIN with the combined topographies in (a,b) P2P and
in (c,d) P2V configuration as well as for the loads (a) Finax, (b,d) Fmean and (c) Fyin at the start of
the experiment.
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Figure A6. Shear stress distribution for PAO with the combined topographies in (a,b) P2P and
in (c,d) P2V configuration as well as for the loads (a) Fimax, (b,d) Fmean and (¢) Fnin at the start of
the experiment.
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Figure A7. Shear stress distribution for MIN with the combined topographies (a—c) Wt for the loads
(@) Emax, (b) Fimean and (c) Fyin at the end of the experiment.
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Figure A8. Shear stress distribution for PAO with the combined topographies (a—c) Wt for the loads
(@) Fmax, (b) Fmean and (c) Fyin at the end of the experiment.
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