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Abstract

Auxiliary bearings in vertical magnetic suspension systems can suffer thermal damage and
impact-induced failure during rotor drop events caused by instability. This study aims
to clarify the coupled effects of collision, frictional heating, and transient heat transfer on
auxiliary bearing response. Dynamic, thermodynamic, and finite element models were
established to analyze impact behavior, frictional heating, and temperature-field evolution,
and were validated using rotor-drop measurements of impact force, rotor displacement,
and outer-ring temperature together with post-test damage observations. The results
show that severe impact and friction rapidly convert rotor kinetic energy into thermal
energy, producing a non-uniform temperature field in the auxiliary bearings. The highest
temperature occurs in the inner ring, followed by the rolling elements and outer ring,
with peak temperatures of 169.59 ◦C, 154.66 ◦C, and 94.79 ◦C, respectively. Owing to
gravity, gyroscopic motion, and rotor inclination during drop, the upper auxiliary bearing
experiences greater impact loads, a faster speed increase, and a higher peak temperature
rise than the lower bearing. Experimental evidence, including thermal discoloration,
wear positions, and component damage, agrees with the simulated high-temperature
regions. These results support thermal-shock-resistant design, structural optimization, and
operational safety assessment of auxiliary bearings.

Keywords: vertical magnetic suspension system; rotor drop; auxiliary bearing; thermal
characteristics; dynamics

1. Introduction
Active magnetic bearings (AMBs) offer advantages such as high-speed capability,

frictionless operation, and environmental friendliness, and can effectively eliminate the
mechanical friction associated with conventional rolling bearings [1]. Therefore, they have
been widely applied in fields such as aerospace and industrial machinery [2]. The auxiliary
bearing is one of the indispensable key components of a magnetic suspension system and
serves as an important safety boundary of the system. It withstands the severe impact
loading and thermal shock caused by rotor instability.
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For high-speed rotating machinery, common bearing options include rolling element
bearings, oil-film bearings, journal bearings, gas bearings, air foil bearings, active magnetic
bearings, passive magnetic bearings, superconducting magnetic bearings, and hybrid gas–
magnetic bearings. Magnetic bearings are generally adopted when conventional lubricated
bearings or gas bearings cannot meet the requirements of clean operation, high-vacuum
operation, avoidance of oil contamination, corrosive or toxic gas environments, very high
rotational speed, low vibration, long service life, or active rotor-dynamic control [1,3–6].
Active magnetic bearings are widely used in high-speed compressors, turbomachinery,
helium blowers, turbomolecular pumps, and flywheel energy-storage systems [7,8]. Passive
magnetic bearings are mainly used for load reduction or axial support in hybrid suspension
systems, whereas superconducting magnetic bearings are attractive for low-loss flywheel
energy-storage applications [9,10].

Touchdown conditions differ among applications. In some horizontal-axis turboma-
chinery or machines with repeated start–stop operation, touchdown may occur during
start-up, shutdown, or transient control states, where wear resistance, repeatability, and
contact stability are important. In contrast, in flywheel energy-storage systems, turbo-
molecular pumps, and vertical magnetic suspension systems, touchdown is usually an
emergency event caused by power loss, control failure, or rotor instability. In such cases,
auxiliary bearings, also referred to as backup bearings, touchdown bearings, or emergency
bearings, are mostly implemented as deep-groove ball bearings or angular-contact ball
bearings, and must withstand short-duration impact, rapid spin-up, severe frictional heat-
ing, and transient thermal shock. Failure analysis of auxiliary bearings has shown that
most auxiliary bearings do not fail primarily because of direct impact damage, but rather
because they are thermally damaged by the high temperatures generated within a short
period of time 11. These features make the emergency rotor-drop behavior of auxiliary
bearings in vertical magnetic suspension systems an important issue for dynamic and
thermal reliability analysis.

Magnetic suspension systems can be configured with either horizontal-axis or
vertical-axis rotors, and the rotor touchdown mechanisms in these two configurations are
considerably different [3–7]. In horizontal-axis systems, rotor touchdown is usually domi-
nated by gravity-induced radial sag, radial rubbing, rebound, and whirl motion [4–8]. By
contrast, in vertical-axis systems, the direction of gravity is aligned with the rotor axis.
Therefore, magnetic suspension failure first induces axial rotor drop and axial impact
on the upper auxiliary bearing, followed by radial contact, rotor inclination, gyroscopic
motion, inner-ring spin-up, and asymmetric load distribution between the upper and
lower auxiliary bearings [3,9–14]. These characteristics make the coupling among axial
and radial contact, dynamic response, friction-induced heat generation, and transient
temperature-field evolution particularly pronounced in vertical magnetic suspension
systems [3,9–12,15,16]. Therefore, vertical magnetic suspension systems represent an im-
portant and distinct class of applications for investigating the dynamic–thermal coupling
behavior of auxiliary bearings under emergency rotor-drop conditions.

Extensive studies have been conducted on the thermal characteristics of auxiliary
bearings under the severe frictional heating and complex contact conditions induced
by rotor drop in magnetic suspension systems. Keogh et al. [12] proposed an improved
transient thermal Green’s function method to predict highly localized contact tempera-
tures caused by bouncing and friction, and analyzed the thermal responses of auxiliary
bearings with a fixed bushing and a rotatable inner ring. Salehi et al. [13] investigated the
dynamic and thermal performance of zero-clearance auxiliary bearings using a thermal
resistance network model, and validated the predicted temperature rise experimen-
tally. Kong et al. [14] analyzed the thermal behavior of auxiliary bearings in a vertical
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magnetic suspension system using both the thermal network method and the finite
element method, and clarified the temperature distribution among internal components.
Liu et al. [15] analyzed the frictional heat generation power of oil-free auxiliary bearings
during rotor drop and showed, through free-drop experiments, that ball spin heating
and differential sliding heating are the dominant heat sources. For high-temperature
gas-cooled reactor magnetic suspension systems, Zhao et al. [11,16–18] systematically
investigated the dynamics, thermal characteristics, and failure behavior of auxiliary
bearings in HTR-10 and HTR-PM systems. Their results showed that transient heat
generation at the rotor–auxiliary bearing interface is the primary heat source, and ver-
ified that dry-lubricated ceramic auxiliary bearings in vertical systems can withstand
severe transient thermal shock during rotor drop. Neisi et al. [19] further demonstrated
that high-amplitude surface waviness significantly increases internal contact force and
frictional power loss, thereby intensifying thermal expansion and temperature rise of
the inner ring. Li et al. [20–22] established coupled dynamic–thermal models for vertical
rotor drop and, together with experimental validation, clarified the evolution of dry-
friction whirl and dry-friction whip, as well as the influence of friction parameters, rotor
eccentricity, and protective clearance on impact force and temperature rise. Nie [23] and
Li et al. [24] showed through simulations and experiments that solid-lubricant coatings
prepared by magnetron sputtering can effectively reduce friction, suppress temperature
rise, and improve the service reliability of auxiliary bearings.

With regard to dynamic response and failure mechanisms, existing studies have
mainly focused on the impact characteristics, nonlinear vibration behavior, and coupled
effects of multiple factors in auxiliary bearings during rotor drop. Ebrahimi et al. [25]
developed a 10-degree-of-freedom dynamic model of a coaxial rotor–active magnetic
bearing system and analyzed the influence of speed, speed ratio, and gravity on nonlinear
responses such as chaos and quasiperiodic vibration, together with the corresponding
rotor–auxiliary bearing contact forces. Halminen et al. [26] established a detailed two-
dimensional multibody model with realistic elastic contact to compare the dynamic
response and contact force of auxiliary bearings with and without a cage. The presence
or absence of a cage has an important influence on the dynamic and thermal behavior
of auxiliary bearings during rotor drop. In a caged bearing, the cage separates and
guides the rolling elements in the circumferential direction, thereby reducing direct
rolling element–rolling element contact, collision, and differential sliding. This improves
high-speed kinematic stability and reduces the risk of inter-ball frictional heating and
seizure [26–28]. Zhu et al. [27,28] further showed that a caged structure with an opti-
mized ball filling number can reduce radial impact force and improve rotational stability
during rotor drop. However, because the cage occupies part of the internal space, the
number of rolling elements is usually smaller than that in a full-complement bearing,
and the instantaneous load-carrying capacity may therefore be lower. In addition, the
cage itself may suffer wear, deformation, or failure under severe impact, high-speed
friction, cage slip, and temperature rise [29,30]. In contrast, a cageless or full-complement
auxiliary bearing contains more rolling elements and therefore provides higher transient
load-carrying capacity, which is beneficial under emergency touchdown or high-impact
rotor-drop conditions. However, due to the absence of cage guidance, direct rolling
element–rolling element contact, mutual squeezing, differential sliding, and local sliding
friction are more likely to occur. These effects may intensify frictional heat generation
and increase the risk of rolling-element seizure, local burn damage, and material degra-
dation during high-speed rotor drop [31–33]. Jarroux et al. [29,34] investigated rotor
drop dynamics after active magnetic bearing failure and rotor–active magnetic bearing
interactions under rotor–auxiliary bearing contact while the active magnetic bearing
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remained operational. Through numerical and experimental analyses, they showed
that support stiffness, damping, and friction strongly influence impact load, rebound
trajectory, synchronous-following behavior, nonlinear dynamic response, and transient
stability under strong harmonic and impact excitations. Sun et al. [35] developed a high-
fidelity ball-bearing model and clarified the effects of friction coefficient, preload, support
damping, and side load on auxiliary-bearing performance and backward-whirl stability.
Ma et al. [36] built a flexible rotor–auxiliary bearing model using Abaqus and Caba3D,
and analyzed the responses of rotational speed, rotor trajectory, rotor–inner ring impact
force, ball-to-ball impact force, and ball–inner ring sliding velocity during rotor drop.
Kong et al. [37] used ADAMS to study the effects of friction coefficient, axial clearance,
rotor mass, and speed on the initial axial impact force in a vertical magnetic suspension
system, showing that the maximum impact force increases with axial clearance and rotor
mass, decreases with kinetic friction coefficient, and is only weakly affected by rotor
speed. Xiao et al. [38] analyzed the load-carrying behavior of auxiliary bearings in the
HTR-10 helium blower based on Hertzian contact theory, and showed that while the axial
drop impact can be effectively resisted, radial load during the free-running stage is mainly
induced by rotor rotation and heat accumulation in the inner ring, which may eventually
cause failure. Fonseca et al. [39] demonstrated that system response is strongly influenced
by unbalance: low unbalance leads to bottom oscillation, moderate unbalance induces
strongly nonlinear chaotic impacts, and high unbalance results in sustained forward whirl.
Pang et al. [40,41] systematically analyzed the nonlinear contact dynamics and attitude
evolution during eccentric rotor drop, and further revealed the mechanism by which
active clearance-elimination auxiliary bearings suppress impact loading and improve
drop response. Zhao et al. [42] conducted rotor drop experiments on a 10 MW vertical
helium blower test rig and, based on a momentum–impulse inversion method, revealed
the impact-load distribution and dynamic behavior of upper and lower auxiliary bearings
under different speeds and bearing materials. Sun et al. [43] developed a detailed model
including nonlinear Hertzian contact, a squeeze-film damper, and a one-dimensional
thermal model to analyze rotor drop dynamics and friction-induced thermal growth, and
proposed design guidelines based on friction coefficient, axial preload, and damping
viscosity. Lai et al. [44] showed through a 24,000 r/min, 1500 h life test that frictional
heating is clearly coupled with near-surface material evolution. Lee and Palazzolo [45]
combined a thermally expanded nonlinear auxiliary-bearing model with rainflow count-
ing and Miner’s rule, and showed that high-speed backward whirl accelerates cumulative
damage and dominates failure evolution. Jia et al. [46] further demonstrated through a
multiphysics model and repeated drop tests that auxiliary-bearing failure is essentially
a process of burn damage, spalling, and material degradation caused by the combined
effects of impact-induced plastic deformation, hard debris scratching, local high tempera-
ture, and ball seizure. Recent studies have further extended the investigation of rotor-drop
behavior, protective-bearing design, and coupled modeling in magnetic bearing systems.
Zhang and Xu [47] evaluated the recontrol feasibility of an active magnetic bearing ro-
tor after falling onto touch-down bearings, showing that appropriate electromagnetic
damping can help suppress the post-drop rotor response. Pang et al. [41] investigated the
dynamic behavior of a vertical suspension rotor falling on an active clearance-elimination
protective bearing and demonstrated, through simulation and drop tests, that reducing
the protective clearance can effectively alleviate impact intensity. Zhu et al. [27] further
analyzed the influence of structural parameters on the dynamic response of a vertical
magnetic suspension rotor dropping onto protective bearings, highlighting the impor-
tance of protective-bearing configuration in impact-load control. In addition, Du et al. [48]
reviewed recent developments in magnetic bearings and emphasized that multi-field
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coupled modeling, intelligent control, reliability-oriented design, and integrated opti-
mization are becoming important research trends. These recent advances indicate that
the coupled evolution of collision response, inner-ring spin-up, friction-induced heat
generation, and transient temperature-field distribution in vertical magnetic suspension
auxiliary bearings remains an important issue for reliability-oriented design.

In summary, previous studies have substantially advanced the understanding of
auxiliary-bearing dynamics and friction-induced heating during rotor drop events in
magnetic suspension systems, with important progress achieved in dynamic modeling,
heat-generation analysis, and experimental validation. Nevertheless, several limitations
remain. Existing studies have largely addressed either the dynamic response or the thermal
behavior in a relatively separated manner. Although some studies have considered temper-
ature rise, simplified thermal resistance networks, one-dimensional heat-transfer models,
or local temperature estimations have commonly been adopted, which are insufficient
to fully describe the continuous coupling among collision response, inner-ring spin-up,
friction-induced heat generation, and transient temperature-field evolution during rotor
drop. In particular, from the perspective of simulation and theoretical modeling, there
is still a lack of a unified framework capable of simultaneously capturing axial contact,
radial contact, multiple sources of frictional heat generation, the asymmetric responses
of the upper and lower auxiliary bearings, and the three-dimensional transient spatial
temperature-field distribution.

Based on the above considerations and the identified research gaps, the present
study focuses on the auxiliary bearings of a vertical magnetic suspension system and
investigates their dynamic and thermal responses under emergency rotor-drop conditions.
Dynamic and thermodynamic models of the rotor–auxiliary-bearing system are established,
together with a finite element simulation model incorporating actual material properties,
contact boundaries, gravity direction, initial rotor speed, and structural constraints. On
this basis, the collision-load characteristics, inner-ring speed response, friction-induced
heating behavior, and temperature-field evolution during rotor drop are systematically
analyzed. Particular emphasis is placed on clarifying the differences between the upper and
lower auxiliary bearings in terms of contact sequence, impact load, inner-ring acceleration,
temperature-rise rate, and thermal-failure risk in a vertical configuration. The proposed
framework reveals the coupling mechanism between the dynamic response and thermal
behavior of auxiliary bearings and provides a theoretical basis for thermal-shock-resistant
design, structural optimization, and operational safety assessment of auxiliary bearings in
vertical magnetic suspension systems.

2. Model Architecture
In the vertical magnetic suspension system, the rotor is arranged along the vertical

direction. In this system, both the axial magnetic bearing and the radial magnetic bear-
ings are active magnetic bearings. During normal operation, the axial active magnetic
bearing balances the rotor weight and controls the axial position of the rotor, whereas
the radial active magnetic bearings control the radial position of the rotor. The upper
auxiliary-bearing assembly consists of a pair of angular-contact ball bearings mounted
in a face-to-face configuration. Unless otherwise specified, the upper auxiliary bear-
ing and the lower auxiliary bearing mentioned in the following analysis refer to the
two angular-contact auxiliary bearings within the upper auxiliary-bearing assembly.
These bearings primarily support the radial and axial loads generated during rotor drop
events. By contrast, the separate auxiliary bearing located at the lower end of the rotor is
referred to as the lower auxiliary-bearing assembly, which is a single deep-groove ball
bearing and carries only radial load. A schematic diagram of the vertical magnetic sus-
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pension system is shown in Figure 1. The axial and radial protective clearances between
the rotor and the auxiliary bearings were both 0.2 mm, as determined by the existing
test-rig configuration. These clearance values were used consistently in the finite element
model and rotor-drop experiments. The protective clearances allow non-contact opera-
tion during normal magnetic suspension and define the axial drop distance and radial
displacement before touchdown after magnetic suspension failure. Because the contact
mechanics between the upper auxiliary-bearing assembly and the rotor are more complex,
the upper auxiliary-bearing assembly is selected in this study as the main object of analysis
and discussion.

 
Figure 1. Schematic diagram of the vertical magnetic suspension system.

The vertical magnetic suspension system considered in this study is mainly intended
for non-contact support and emergency protection in high-speed vertical rotating equip-
ment, such as magnetically levitated motors, high-speed centrifugal machines, flywheel
energy-storage rotors, and helium blowers/circulators. During normal operation, the rotor
is supported without mechanical contact by active magnetic bearings. When magnetic
suspension control fails or rotor instability occurs, the auxiliary bearings act as emergency
support structures to limit rotor displacement and withstand transient impact loads and
friction-induced thermal loads. Therefore, the “supported mass” investigated in this study
corresponds to the rotor mass supported by the magnetic suspension system and dropped
onto the auxiliary bearings after instability. The main operating parameters adopted
in the simulations and experiments are as follows: rotor mass of 45 kg, rotor length of
765 mm, mean rotor diameter of 45 mm, axial protective clearance of 0.2 mm, radial pro-
tective clearance of 0.2 mm, and initial drop speed of 20,000 r/min, corresponding to a
synchronous rotational frequency of approximately 333.3 Hz. It should be noted that this
study focuses on the transient rotor-drop process after active magnetic-bearing failure
rather than a vibration-isolation problem under steady harmonic excitation. Therefore, no
fixed-frequency external harmonic excitation is prescribed in this study. The main external
and initial excitations considered include gravity and the initial high-speed rotation of the
rotor, while the transient impact and rubbing between the rotor and the auxiliary bearings
are analyzed as the primary contact excitations during the rotor-drop process.
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2.1. Dynamic Model of the Auxiliary Bearing

The contact interaction between the rotor and the auxiliary bearing during the rotor
drop process is illustrated in Figures 2 and 3. In these figures, α, ρ, and γ represent the
dynamic characteristics of the rotor. Ob denotes the geometric center of the auxiliary
bearing, Or denotes the geometric center of the rotor, and Oc denotes the center of mass
of the rotor. Point A is the axial contact point between the touchdown pad and the inner
ring of the auxiliary bearing. α is the angle between ObOr and the x-axis, representing the
whirl angle of the rotor. θ is the angle between ObA and the x-axis and is used to describe
the gyroscopic rotational motion of the rotor at the next instant of contact. ρ is the relative
distance between Ob and Or, representing the radius of rotor motion in the horizontal plane.
.
α denotes the whirl angular velocity of the rotor, e is the rotor eccentricity, Rb1 denotes the
radius of the inner surface of the inner ring, and Rb2 denotes the radius of the inner-ring
shoulder. γ denotes the spin angle of the rotor,

.
γ denotes the spin angular velocity of

the rotor, and
.
θb denotes the angular velocity of the inner ring of the auxiliary bearing.

i and j are the unit vectors in the polar coordinate system, Ft denotes the tangential contact
force, Fr denotes the radial contact force, and r denotes the radial coordinate in the polar
coordinate system.

 
Figure 2. Axial contact interaction.

 
Figure 3. Radial contact interaction.

Contact between the rotor and the auxiliary bearing is determined by calculating their
relative displacement. Axial impact occurs when the axial penetration depth is positive,
whereas radial impact occurs when the radial penetration depth is positive. Based on the
Hertzian contact model, the load–deformation relationship during the rotor drop process
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can be obtained. Accordingly, the axial impact force Fa generated by the impact between
the rotor and the upper auxiliary bearing can be derived [40], as shown in Equation (1):

Fa =

{
Kaδe

a + Ca
.
δa, δa > 0

0, δa ≤ 0
(1)

In the above equation, Ka denotes the axial contact stiffness, δa denotes the axial impact
depth, and Ca denotes the axial contact damping. e is a parameter associated with the
contact type. Specifically, e = 3/2 for point contact, which occurs within the auxiliary
bearing; e = 10/9 for line contact, which occurs at the radial contact interface; and e = 1 for
surface contact, which occurs at the axial contact interface between the rotor and the inner
ring of the auxiliary bearing.

Fa f ,i = −Paµa

∫ Rb2

Rb1

∫ 2π

0

[ .
ρ + (

.
γ −

.
θb)r sin θ

]→
i√[ .

ρ + (
.
γ −

.
θb)r sin θ

]2
+

[ .
αρ − (

.
θb −

.
γ)r cos θ − ρ

.
γ
]2

rdθdr (2)

Fa f ,j = −Paµa

∫ Rb2

Rb1

∫ 2π

0

[ .
αρ + (

.
γ −

.
θb)r cos θ − ρ

.
γ
]→

j√[ .
ρ + (

.
γ −

.
θb)r sin θ

]2
+

[ .
αρ − (

.
θb −

.
γ)r cos θ − ρ

.
γ
]2

rdθdr (3)

Ta =
2µaFa(R3

b2 − R3
b1)

3(R3
b2 − R3

b1)
(4)

In the above equations, Pa denotes the contact stress, and µ denotes the coefficient of
friction at the axial contact interface.

Due to rotor unbalance, eccentricity, and other factors, radial contact impact occurs
between the rotor and the inner surface of the inner ring of the auxiliary bearing [47]. The
radial contact force can be expressed by Equation (5):

Fr =

{
Krδe

r + Cr
.
δr, δr > 0

0, δr ≤ 0
(5)

In this equation, Kr denotes the radial contact stiffness, δr denotes the radial penetration
depth, and Cr denotes the radial contact damping.

The rotational motion of the auxiliary bearing is jointly driven by the axial friction
torque and the radial friction torque. Accordingly, the rotational motions of the rotor
and the inner rings of the upper and lower auxiliary bearings are respectively given
by Equations (6)–(8):

..
γ = − (Ft1 + Ft2)Rr + Ta

Ip
(6)

..
θb1 = − Ft1Rb1 + Ta − Tb1

Ib
(7)

..
θb2 = − Ft2Rb1 − Tb2

Ib
(8)

In these equations, Ft1 and Ft2 represent the tangential friction forces of the upper and
lower auxiliary bearings, respectively, whereas Tb1 and Tb2 represent the corresponding
internal bearing torques, which are calculated using the Palmgren empirical formula:

Tb,j = T0,j + T1,j j = 1, 2 (9)
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Here, T0 is generated by the lubricant frictional resistance under no-load conditions
and is influenced by the lubricant, bearing type, and rotational speed:

T0 =

{
10−7 f0(v

.
θb)

2/3
d3

m vn ≥ 2000
160 × 10−7 f0d3

m vn ≤ 2000
(10)

In this equation, f 0 denotes a coefficient related to the bearing type and lubrication
method, v denotes the kinematic viscosity of the lubricant at the bearing operating temper-
ature, and dm denotes the pitch diameter of the bearing.

Tl reflects the friction losses caused by elastic hysteresis and differential sliding, and
its calculation formula is given in Equation (11):

Tl = f1P1dm (11)

In this equation, P1 denotes the equivalent dynamic load of the bearing, and f 1 denotes
a coefficient related to the bearing type and the applied load.

When rolling friction takes place at the contact interface of the upper auxiliary bearing,
Ft1 is determined by simultaneously solving Equations (6), (7), and (12), as expressed
in Equation (13):

Rr
.
γ = Rb1

.
θb1 (12)

Ft1 =
−Ft2·R2

r /Ip − Ta(Rr/Ip + Rb1/Ib) + Tb1·Rb1/Ib

R2
r /Ip + R2

b1/Ib
(13)

In this equation, the tangential friction force of the lower auxiliary bearing is expressed
as Ft2 = µdFr2, where µd is the coefficient of kinetic friction. Ip denotes the polar moment of
inertia of the rotor, and Ib denotes the equivalent rotational inertia of the rotating part of
the auxiliary bearing. In this study, Ib includes the mass moment of inertia of the inner race
and the effective inertia contribution of the rolling elements associated with the bearing
rotational motion.

When rolling friction occurs at the contact interface of the lower auxiliary bearing, Ft2

can be calculated by solving Equations (6) and (8), as shown in Equation (15).

Rr
.
γ = Rb1

.
θb2 (14)

Ft2 =
−Ft1· R2

r
Ip

− Ta· Rr
Ip

+ Tb2· Rb1
Ib

R2
r

Ip
+

R2
b1

Ib

(15)

In this equation, the tangential friction force is given by Ft1 = µdFr1.
In the paired auxiliary bearing arrangement, rolling resistance exists at the contact

interfaces of the upper and lower auxiliary bearings, which can be determined from
Equations (6) and (8):

Rr
.
γ = Rb1

.
θb1 = Rb1

.
θb2 (16)

Ft1 =

−R2
r (Ta + Tb1 + Tb2)

Rb1 Ip
− Rb1(Ta − Tb1)

Ib
+ Rr

Ip
Ta

2R2
r /Ip + R2

b1/Ip
(17)

Ft2 = Ft1 +
Ta − Tb1 + Tb2

Rb1
(18)

When Ftj > µsFrj, sliding friction occurs, and Ftj = µdFrj; when Ftj < µsFrj, rolling
friction occurs. Here, µs is the coefficient of static friction.
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At the instant of rotor touchdown, the auxiliary-bearing inner ring is initially stationary.
Therefore, the initial tangential interaction between the rotor and the inner ring is governed
by a Coulomb stick–slip friction law rather than by the Palmgren running-torque model
alone. When the required tangential force is lower than the static-friction limit, sticking
is assumed; once this limit is exceeded, sliding occurs and the kinetic friction coefficient
is used. The Palmgren friction torque is then applied to describe the internal bearing
resistance after incipient rotation of the auxiliary bearing.

2.2. Thermal Model of the Auxiliary Bearing

Palmgren proposed a method for calculating the bearing friction torque [49], as shown
in Equation (19):

M = M0 + M1 (19)

In the above equation, M denotes the total friction torque of the bearing. M0 represents
the friction torque generated by the lubricant under no-load conditions, and its magnitude
depends on the structural configuration of the auxiliary bearing, the properties of the
lubricant, and the rotor speed during the drop process. M1 represents the friction torque
generated under load, mainly arising from elastic hysteresis of the material and frictional
losses induced by differential sliding in the contact region.

The calculation formula for M0 is given in Equation (20):

M0 =

{
10−7 f0(vn)2/3d3

m, vn ≥ 2000
160 × 10−7 f0d3

m, vn < 2000
(20)

It should be noted that the Palmgren equation is used here for the internal friction
torque of a rolling bearing after the onset of rotation. The starting friction of the initially
stationary auxiliary bearing is treated separately through the static-friction breakaway
condition at the rotor–inner-ring contact interface. The lubricant kinematic viscosity ap-
pears in the no-load torque term M0; therefore, the influence of lubricant temperature
is reflected through the viscosity parameter. In the initial stage of rotor touchdown, the
viscosity is taken as the value corresponding to the initial temperature of the bearing and
lubricant, which reflects the increased viscous resistance of the lubricant during the early
start-up stage.

The calculation formula for M1 is given in Equation (21):

M1 = P f1dm (21)

For angular contact ball bearings, the calculation formulas for f 1 and P1 are given in
Equations (22) and (23), respectively:

f1 = z1 ·
(

P0

C0

)0.33
(22)

P1 =

{
Fr, P1 < Fr

Fa − 0.4Fr, P1 ≥ Fr
(23)

Here, z1 ranges from 0.0004 to 0.0006; a larger value is used for heavily loaded bearings,
whereas a smaller value is used for lightly loaded bearings. P0 denotes the equivalent static
load of the bearing, C0 denotes the basic static load rating of the bearing, Fr denotes the
radial load, and Fa denotes the bearing impact force.

During auxiliary-bearing operation, spin slip occurs at the contacts between the rolling
elements and the inner- and outer-ring raceways. At high rotational speeds, spin slip plays
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an important role in the auxiliary bearing [50,51]. To simplify the calculation, the friction
coefficient in the contact region is assumed to be constant. If the relative motion of the
rolling element with respect to the inner and outer rings is represented solely by spin about
the normal passing through the center of the contact surface, the spin friction torque can be
calculated by Equation (24):

Ms =
3µQa ∑

8
(24)

In the above equation, µ denotes the coefficient of friction, Q denotes the contact load,
Σ denotes the complete elliptic integral of the second kind, and a denotes the semi-major
axis of the contact ellipse. Accordingly, the spin friction torques between the rolling element
and the inner- and outer-ring raceways can be obtained as follows:

Msi =
3µQiai ∑i

8
(25)

Mso =
3µQoao ∑o

8
(26)

If the friction torque generated in the contact regions between the rolling elements
and the inner and outer rings of the auxiliary bearing is assumed to be evenly distributed
among all the rolling elements, the friction torque of each rolling element can be calculated
using Equations (27) and (28):

Mij = Dw/(z · de) · M (27)

Moj = Dw/(z · di) · M (28)

In the above equations, the subscript j denotes the rolling element at a specific angular
position, Dw denotes the rolling element diameter, z denotes the number of rolling ele-
ments, de denotes the outer-raceway diameter, and di denotes the inner-raceway diameter.
Accordingly, the frictional heat generation rates between the rolling elements and the outer
and inner rings can be expressed by Equations (29) and (30), respectively:

Ho = ∑
j

Hoj =∑
j
(wb Moj + wso Mso) (29)

Hi = ∑
j

Hij = ∑
j
(wb Mij + wsi Msi) (30)

Here, wb denotes the rolling angular velocity, and wso and wsi denote the spin angular
velocities of the rolling element in the outer-ring and inner-ring contact regions, respectively.

The formula for calculating the frictional heat generated by the axial impact between
the rotor and the auxiliary bearing is given in Equation (31):

Ha = Ta · wrel (31)

The formula for calculating the frictional heat generated by the radial impact between
the rotor and the auxiliary bearing is given in Equation (32):

Hr =
→
F f ·

→
v r (32)

In the above equation, Ff denotes the friction force vector at the radial contact interface,
and vr denotes the relative velocity between the rotor and the auxiliary bearing at the radial
contact interface.
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Based on the above analysis, the formula for calculating the total frictional heat
generated in the auxiliary bearing during the rotor drop process is given in Equation (33):

Htotal =
2

∑
j=1

(Hk
i + Hk

o + Hk
r + Hk

a) (33)

Here, the subscript k = 1, 2 denotes the upper and lower auxiliary bearings, respectively.

2.3. Finite Element Model and Simulation Settings

In this study, the finite element simulation model was established using LS-DYNA
to analyze the dynamic response and transient temperature-field evolution during the
rotor-drop process after magnetic suspension failure. The three-dimensional model was
first constructed and assembled using three-dimensional modeling software. To improve
computational efficiency and reduce unnecessary resource consumption, chamfers and
fillets that have limited influence on the overall dynamic and thermal responses were
neglected. It should be noted that this simplification may introduce artificial sharp edges
and local numerical stress concentrations near the bearing-ring edges. Therefore, the
local stress maxima at these simplified edges were not used as quantitative indicators
of bearing failure or structural strength in this study. The assembled model was then
imported into LS-DYNA for material assignment, mesh generation, contact definition, and
boundary-condition setup.

The inner and outer rings of the auxiliary bearing were made of GCr15, the rolling
elements were made of Si3N4, and the rotor together with the other components was made
of Q235. The mesh was generated primarily using tetrahedral elements, supplemented
by hexahedral elements, with different meshing strategies adopted for different compo-
nents [51]. Tetrahedral elements were used for the rotor, the inner and outer rings of
the auxiliary bearing, and the rolling elements, whereas hexahedral elements were used
for the touchdown pad, shaft sleeve, and similar components. In addition, local mesh
refinement was applied to the contact surfaces of the inner- and outer-ring raceways. The
contact boundary conditions were defined as follows. The rotor–inner-ring, rolling element–
inner-ring, rolling element–outer-ring, and rolling element–rolling element interfaces were
defined as frictional contact regions. These contact definitions were used to capture axial
impact, radial rubbing, combined rolling–sliding motion, rolling-element interactions, and
the corresponding frictional heat generation during rotor drop.

The dynamic boundary conditions were defined as follows. Gravity was applied along
the negative Y direction of the global coordinate system, with a gravitational acceleration
of 9806.6 mm/s2. The outer ring of the auxiliary bearing was defined as a fixed support,
with all six degrees of freedom constrained to represent the support effect of the bearing
housing. No additional motion constraints were imposed on the rotor, inner rings, rolling
elements, shaft sleeve, or other components; their motion was determined by gravity, the
initial rotational speed, and interactions at the contact interfaces. The initial rotor speed
was set to 20,000 r/min. The explicit dynamic-contact simulation was conducted for 0.15 s,
with 15,000 time steps, and the results were recorded every 0.00001 s. For comparison with
the experimental temperature measurement, the subsequent transient thermal-conduction
calculation of the outer ring was further extended to 180 s using the frictional heat generated
during the rotor-drop stage as the thermal input.

The thermal boundary conditions were defined as follows. The initial temperature
field was set as a uniform ambient temperature of 22 ◦C. The thermal input during rotor
drop mainly originated from axial contact friction, radial rubbing, combined rolling–sliding
friction between the rolling elements and the inner/outer raceways, and frictional inter-
actions between adjacent rolling elements. The frictional heat generated at the contact
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interfaces was applied as a transient thermal input, and the spatial temperature-field distri-
bution was obtained through heat conduction among the auxiliary-bearing components.
The main parameters of the auxiliary bearing and the material properties of its components
are listed in Tables 1 and 2.

Table 1. Main Parameters of the Auxiliary Bearing.

No. Parameter Value

1 Bearing Outer Diameter, D (mm) 90
2 Bearing Inner Diameter, d (mm) 65
3 Bearing Width, B (mm) 13
4 Rolling Element Diameter, Dw (mm) 7.94
5 Number of Rolling Elements/Z 30

Table 2. Material Properties of the Components.

No. Property Bearing Ring Rolling Element Rotor and Other Components

1 Density (kg/m3) 7810 3200 7850
2 Young’s Modulus (GPa) 206 320 200
3 Poisson’s Ratio 0.3 0.27 0.3
4 Thermal Conductivity (W·m−1·K−1) 46 20 60.5
5 Specific Heat Capacity (J·kg−1·K−1) 460 700 434
6 Coefficient of Thermal Expansion (10−6/◦C) 11.5 3.2 12

3. Results and Discussion
3.1. Thermal Response of the Auxiliary Bearing

During the rotor drop process, the large rotational kinetic energy is rapidly converted
into thermal energy through mechanical friction, resulting in a markedly non-uniform
temperature field within the auxiliary bearing. Figure 4a–d show the transient temperature
field distribution induced by severe contact friction after the high-speed rotor drops onto
the auxiliary bearing.

As can be clearly observed from the overall sectional view in Figure 4a, the ther-
mal response of the system exhibits a pronounced localized concentration feature. High-
temperature regions are mainly distributed in the auxiliary bearing and its adjacent contact
zones, whereas the rotor body and the structures far from the contact interface remain at
relatively low temperatures. The maximum temperature of the system is approximately
169.59 ◦C, while the minimum temperature is about 22.012 ◦C. The large temperature
gradient indicates that, during the rotor drop process, kinetic energy is converted into
thermal energy through contact friction and is concentrated at the contact interface.

Figure 4b presents the temperature contour of the outer ring of the auxiliary bear-
ing. It can be seen that the overall temperature of the outer ring is significantly lower
than that of the inner ring and the rolling elements, with a maximum temperature of
94.785 ◦C. The high-temperature regions are mainly located at the contact positions be-
tween the outer-ring raceway and the rolling elements. Along the circumferential direction,
they exhibit a certain periodic distribution pattern, forming a continuous annular thermal
band. By contrast, as shown in Figure 4c, the inner ring exhibits the highest peak tem-
perature, which is identical to the maximum temperature of the entire system, reaching
169.59 ◦C. This is because the high-speed rotor comes into contact with the inner ring of the
auxiliary bearing, causing the inner ring to undergo rapid acceleration and severe sliding
friction with the rotor, thereby generating a large amount of frictional heat at the contact
surface. The generated heat is distributed circumferentially along the raceway, but the dis-
tribution is non-uniform. This non-uniformity is manifested in the shifting impact locations
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and stress concentration caused by the rotor precession during the drop process. As shown
in Figure 4d, the temperature of the rolling elements is also non-uniformly distributed,
remaining higher than that of the outer ring and close to that of the inner ring overall. The
maximum temperature is concentrated in the elliptical contact region between the ball and
the inner-ring raceway, reaching 154.66 ◦C. Under high-speed drop conditions, the rolling
elements are subjected not only to large contact loads but also to severe rolling–sliding
combined motion and spin-friction-induced heat generation.

 

 

 

(a) (b) 

 

 

 

 
(c) (d) 

Figure 4. Transient temperature field contours of the auxiliary bearing system during the rotor drop
process: (a) Overall temperature contour of the auxiliary bearing–rotor system; (b) Temperature
contour of the outer ring of the auxiliary bearing; (c) Temperature contour of the inner ring of the
auxiliary bearing; (d) Temperature contour of the rolling elements.

Figure 5 further compares the maximum, average, and minimum temperatures of the
rotor–auxiliary bearing system and its individual components. Overall, the maximum tem-
perature of each component is significantly higher than its average temperature, whereas
the minimum temperature remains close to the initial temperature. This indicates that
heat generated during the drop process is mainly concentrated in local contact and friction
regions, and that the temperature rise exhibits pronounced spatial non-uniformity. A
comparison between the upper and lower auxiliary bearings shows that the overall tem-
perature level of the upper auxiliary bearing is significantly higher than that of the lower
auxiliary bearing. This is consistent with the fact that, under the vertical configuration,
the upper auxiliary bearing comes into contact earlier and is subjected to greater impact
loads and frictional heat input. This asymmetric thermal response can be attributed to
the load-transfer characteristics induced by the vertical rotor-drop configuration. After
magnetic suspension failure, gravity drives the rotor to drop in the axial direction, and the
initial axial kinetic energy is preferentially transferred to the upper auxiliary bearing at the
first contact. Meanwhile, the rotor drop process is accompanied by initial eccentricity and
rotor inclination, which causes the rotor mass center to deviate from the bearing geometric
center. As a result, the contact load is not uniformly distributed between the upper and
lower auxiliary bearings. The upper auxiliary bearing therefore receives a larger portion of
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the initial impact energy and frictional work, leading to faster accumulation of frictional
heat. Among the bearing components, the inner ring exhibits the highest temperature,
followed by the rolling elements, while the outer ring remains the coolest. This indicates
that frictional heat mainly accumulates at the rotor–inner ring contact interface and in the
rolling-element contact regions, and gradually attenuates toward the outer ring. These
results further demonstrate that the inner ring is the primary site of heat accumulation in
the auxiliary bearing under rotor drop conditions and the key component most susceptible
to thermal damage.

 
Figure 5. Comparison of the maximum, average, and minimum temperatures of the auxiliary
bearing components.

Figure 6 illustrates the short-duration transient thermal response of the auxiliary
bearing during the explicit rotor-drop and contact stage from 0 to 0.15 s. Figure 6a–c present
the component-level temperature-rise trends of the inner rings, outer rings, and rolling
elements during the initial impact and friction stage. It should be noted that Figure 6
is intended to compare the short-time thermal responses of different auxiliary-bearing
components under the same dynamic-contact calculation. The direct model validation
against the experimental outer-ring temperature measurement over the 0–180 s time scale
is discussed in the following experimental-validation section.

As shown in Figure 6a, the temperatures of the inner rings of both the upper and lower
auxiliary bearings rise sharply at approximately 0.03 s. The temperature-rise rate and final
temperature of the inner ring of the upper auxiliary bearing are significantly higher than
those of the lower auxiliary bearing. During the vertical rotor drop process, owing to the
combined effects of gyroscopic motion, eccentricity, and rotor inclination during drop, the
upper auxiliary bearing experiences greater impact and friction.

As shown in Figure 6b, the temperature-rise curves of the outer rings of the upper
and lower auxiliary bearings exhibit generally similar overall trends, both characterized
by an initial slow increase followed by sustained growth. During the initial stage of the
drop process, the outer-ring temperature remains close to the initial temperature, showing
only a slight increase. As impact and friction continue during the drop process, fric-
tional heat accumulates continuously and is transferred to the outer ring, causing the
outer-ring temperature to rise markedly after approximately 0.05 s. The temperature dif-
ference between the outer rings of the upper and lower auxiliary bearings is relatively

https://doi.org/10.3390/machines14070738

https://doi.org/10.3390/machines14070738


Machines 2026, 14, 738 16 of 29

small, indicating that the thermal response of the outer ring is governed more by inter-
nal heat conduction than by local contact-state variations, to which it is comparatively
less sensitive.

  
(a) (b) 

 

 

(c)  

Figure 6. Short-duration temperature-rise curves of the auxiliary bearing during the explicit rotor-
drop and contact stage from 0 to 0.15 s: (a) Temperature-rise curves of the inner rings of the upper
and lower auxiliary bearings; (b) Temperature-rise curves of the outer rings of the upper and lower
auxiliary bearings; (c) Temperature-rise curves of the rolling elements of the upper and lower
auxiliary bearings.

As shown in Figure 6c, the temperature-rise trend of the rolling elements is similar
to that of the inner ring, whereas the overall temperature level is significantly higher
than that of the outer ring. During the initial stage of the drop process, the temperature
variation of the rolling elements is relatively small. As continuous impact and friction
occur between the rotor and the auxiliary bearing, the temperature of the rolling elements
rises rapidly, and the average temperature exceeds 60 ◦C within 0.15 s. This indicates that
the rolling elements are subjected not only to large alternating contact loads but also to
significant rolling–sliding combined motion and frictional heat generation. A comparison
of the temperature-rise curves of the rolling elements in the upper and lower auxiliary
bearings shows that, during the initial stage, the temperature of the rolling elements in the
upper auxiliary bearing is slightly higher than that in the lower auxiliary bearing. This
is consistent with the fact that the upper auxiliary bearing comes into contact earlier and
is subjected to stronger impact and friction. After approximately 0.12 s, however, the
temperature of the rolling elements in the lower auxiliary bearing becomes slightly higher
than that in the upper auxiliary bearing. This suggests that, in the later stage, the rolling
elements in the lower auxiliary bearing may be more strongly affected by spin slip and
local sliding friction, leading to further accumulation of frictional heat in local regions.
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3.2. Dynamic Response of the Auxiliary Bearing

The contact process between the rotor and the auxiliary bearing involves a complex
dynamic behavior characterized by nonlinear impact, friction, and multibody motion.
Figure 7 illustrates the impact-force response during the process in which the rotor drops
and comes into contact with the auxiliary bearing.

  
(a) (b) 

 

 

(c)  

Figure 7. Impact force response of the auxiliary bearing during the rotor drop process: (a) Axial
impact force of the auxiliary bearing; (b) Radial impact force of the upper auxiliary bearing; (c) Radial
impact force of the lower auxiliary bearing.

Figure 7a shows the axial impact force between the rotor and the auxiliary bearing.
At the instant of system instability, the rotor falls freely under its own weight and un-
dergoes axial contact impact with the auxiliary bearing. The axial impact force exhibits
pronounced periodic impulsive behavior, with the peak occurring at the first contact be-
tween the rotor and the auxiliary bearing during the drop process. The peak value reaches
3635.1 N, which is approximately eight times the rotor weight (450 N), whereas the overall
average level is about 483.3 N, close to the rotor weight. As the rotor undergoes multi-
ple intermittent axial impacts and rebounds with the inner ring of the upper auxiliary
bearing, the impact amplitude gradually decreases under the effects of structural damp-
ing, contact friction, and other dissipative mechanisms, exhibiting a typical nonlinear
attenuation process.

Figures 7b and 7c correspond to the radial impact forces of the upper and lower
auxiliary bearings, respectively. In contrast to the axial impact force, the radial impact force
is characterized by pronounced transient oscillations. At the initial stage of rotor drop,
the rotor has not yet undergone large deflection within the protective clearance, and the
radial contact force therefore remains relatively low overall. As the complex rotor motions,
including deflection and whirl, develop and superimpose, the radial load acting on the
auxiliary bearing increases sharply after approximately 0.04 s. For the upper auxiliary
bearing, the maximum radial impact force reaches approximately 12,863 N, with an average
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value of 1779.2 N. This peak radial impact load is far greater than the rotor weight and is
3.6 times the maximum axial impact force. By contrast, the maximum radial impact force
of the lower auxiliary bearing is 11,297 N. The difference in radial impact load further
confirms the asymmetric contact mechanism. Thus, the peak radial load of the upper
auxiliary bearing is approximately 13.9% higher than that of the lower auxiliary bearing.
This difference is mainly caused by the combined effects of gravity-induced axial impact,
rotor eccentricity, rotor inclination during drop, and gyroscopic motion. Under high-speed
rotation, the rotor retains considerable angular momentum. Once the rotor tilts during
the drop process, gyroscopic torque promotes precession and whirl motion, causing the
rotor to rub more severely against the upper auxiliary bearing. Consequently, the upper
auxiliary bearing is subjected to both axial impact and intensified radial rubbing, resulting
in a larger transient contact load.

Figure 8 illustrates the dynamic response during the rotor drop process, including
the rotational speed responses of the rotor and the inner ring of the auxiliary bearing
(Figure 8a), the axial displacement of the rotor (Figure 8b), and the displacement trajectory
of the rotor center of mass during the drop process (Figure 8c).

 
(a) (b) 

 

(c)  

Figure 8. Transient response of the rotor during touchdown on the auxiliary bearing: (a) Rotational
speeds of the rotor and inner ring; (b) Axial displacement trajectory of the rotor center of mass;
(c) Radial displacement trajectory of the rotor center of mass.

As can be seen from the speed response curve in Figure 8a, owing to the large rotational
inertia of the rotor, its rotational speed decreases only gradually during the drop process,
with an overall variation of limited magnitude. However, the acceleration responses of the
inner rings of the upper and lower auxiliary bearings show significant differences. The
inner ring of the upper auxiliary bearing remains at a relatively low speed during the initial
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stage of rotor drop. However, at approximately 0.05 s, the contact state changes abruptly,
and under the combined action of intense impact and friction, the inner ring accelerates
rapidly and approaches the rotor speed within a short time, reaching about 19,000 r/min.
By contrast, the inner ring of the lower auxiliary bearing exhibits a certain delay in the
onset of rotation, and a certain degree of slip persists throughout the acceleration process.
Subsequently, the speed difference between the rotor and the inner rings of the upper
and lower auxiliary bearings gradually decreases, and the three bodies ultimately tend
toward synchronous rotation. This asymmetric speed response indicates that, during the
rotor drop process, changes in rotor attitude and redistribution of contact loads cause the
upper auxiliary bearing to come into contact with the rotor earlier and to sustain higher
transient loads and frictional power input, making it more susceptible to impact loading and
thermal shock.

The faster temperature rise of the upper auxiliary bearing is closely related to its
stronger frictional power input. This rapid spin-up indicates that a large amount of
tangential work is transferred from the rotor to the upper auxiliary bearing through the
contact interface. Since the frictional heat-generation rate is governed by the normal contact
load and the relative sliding velocity, the earlier contact, larger impact load, and stronger
tangential driving effect of the upper auxiliary bearing jointly lead to higher frictional heat
generation. In addition, the inner ring is the component directly subjected to rotor contact,
while heat transfer from the inner ring to the outer ring and bearing housing is limited
by thermal resistance. Therefore, heat accumulates more rapidly near the inner ring and
rolling-element contact regions, explaining why the upper auxiliary bearing exhibits a
higher temperature-rise rate and a greater thermal-failure risk.

Figures 8b and 8c show the axial and radial displacements of the rotor during the
drop process, respectively. Driven by gravity, the rotor falls rapidly and first impacts the
inner ring of the upper auxiliary bearing at approximately 0.005 s, with the maximum tran-
sient axial displacement reaching −0.6 mm. Thereafter, the rotor enters a high-frequency
impact–rebound oscillation stage. Under the damping dissipation effect of the auxiliary
bearing, the oscillation amplitude gradually decays and finally stabilizes at approximately
−0.2 mm around 0.06 s. At the initial stage of rotor drop, the radial displacement trajectory
of the rotor center of mass exhibits irregular and chaotic characteristics. As the contact state
intensifies, the trajectory gradually evolves into high-frequency periodic whirl along the
protective clearance, indicating that the rotor has entered a full-annular rubbing state. This
is also the reason why the inner ring of the upper auxiliary bearing accelerates rapidly at
this stage.

The rotor drop process is not an ideal vertical descent, but it is accompanied by tilted
motion and lateral swinging. During the drop process, the rotor first impacts the upper aux-
iliary bearing, and the impact kinetic energy at the moment of contact is directly transferred
to it. As a result, the upper auxiliary bearing is subjected to greater impact and friction
forces than the lower auxiliary bearing, and severe frictional heating is instantaneously gen-
erated at the upper surface of the inner ring of the upper auxiliary bearing. Subsequently,
owing to factors such as rotor eccentricity and unbalance, the rotor further collides with
the auxiliary bearing, leading to increased contact forces between the rolling elements and
the inner and outer rings. At the same time, the sliding friction between the rotor and the
auxiliary bearing increases, thereby driving the auxiliary bearing into rotation. The total
load acting on the upper auxiliary bearing, including both axial and radial loads, is much
greater than that on the lower auxiliary bearing. Consequently, the total heat generation of
the upper auxiliary bearing is higher, and its average temperature exceeds that of the lower
auxiliary bearing.
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The heat sources of the auxiliary bearing mainly originate from rolling-friction-induced
heat generation and sliding-friction-induced heat generation. During rotor–auxiliary bear-
ing contact, the large kinetic energy of the rotor causes the auxiliary bearing to accelerate
rapidly from rest to a high rotational speed. The inner ring is located at the high-speed
contact end and is subjected to greater impact loading. In the contact region between the
inner ring and the rotor, the relative sliding velocity is higher and the friction is more
severe. In addition, outward heat conduction from the inner ring is restricted, causing heat
to accumulate near the raceway and produce the highest temperature peak. The rolling
elements are located in the primary load-bearing contact region and have a relatively small
heat capacity, making them more susceptible to rapid heating. However, because heat
can be dissipated to both the inner and outer rings, their peak temperature remains lower
than that of the inner ring. By contrast, the outer ring receives relatively less direct heat
input, and its interference fit with the bearing housing forms an efficient heat-conduction
boundary. As a result, the generated heat can be rapidly conducted to the bearing housing,
and the outer ring therefore exhibits the lowest temperature.

The above results demonstrate that the asymmetric response of the auxiliary bearings
is a typical dynamic–thermal coupling phenomenon rather than a purely mechanical or
thermal effect. In the early stage of rotor drop, the load distribution is mainly governed by
gravity-driven axial impact and the initial contact sequence. As the rotor motion evolves,
the coupled effects of eccentricity, rotor inclination, gyroscopic motion, and radial rubbing
change the contact state and redistribute the frictional work between the upper and lower
auxiliary bearings. Therefore, the thermal response is essentially determined by the time-
varying contact load, relative sliding velocity, and heat-transfer path.

4. Experimental Validation
To investigate the evolution of thermal characteristics and the dynamic response of the

auxiliary bearing in a vertical magnetic suspension system under instability-induced drop
conditions, and to experimentally validate the established simulation model, an auxiliary
bearing test platform for the vertical magnetic suspension system was constructed, as
shown in Figure 9.

 
Figure 9. Auxiliary bearing test platform for the vertical magnetic suspension system.

https://doi.org/10.3390/machines14070738

https://doi.org/10.3390/machines14070738


Machines 2026, 14, 738 21 of 29

The experimental platform mainly consists of the test rig body, an electromagnetic
control system, a variable-frequency speed regulation system, an experimental monitoring
system, a cooling system, and auxiliary equipment. Using sensors such as vibration
sensors, accelerometers, speed sensors, miniature pressure sensors, displacement signal
sensors, eddy-current sensors, and temperature sensors, data such as rotor vibration,
rotational speed, maximum axial impact force, maximum radial impact force, displacement
trajectory, and the outer-ring temperature of the upper auxiliary bearing can be collected
in real time.

The auxiliary bearing used in the experiment was a 71913 full-complement angular-
contact ball bearing manufactured by Luoyang Bearing Research Institute Co., Ltd.
(Luoyang, China), with P4 accuracy. The bearing rings were made of GCr15 bearing
steel, and the rolling elements were made of silicon nitride ceramic, Si3N4. The bearings
were mounted in a face-to-face configuration, as shown in Figure 10. The main system
parameters are listed in Table 3.

  

Figure 10. Auxiliary bearing used in the experiment.

Table 3. System Parameters.

No. Parameter Value

1 Rotor Mass (kg) 45
2 Rotor Length (mm) 765
3 Mean Rotor Diameter (mm) 45

4 Axial Protective Clearance Between the
Rotor and Auxiliary Bearing (mm) 0.2

5 Radial Protective Clearance Between the
Rotor and Auxiliary Bearing (mm) 0.2

6 Initial Rotor Speed at Drop (rpm) 20,000

Figure 11 shows the main experimental and validation results obtained during the
rotor-drop test, including the comparison between the experimental and simulated temper-
atures, the axial impact force, the radial impact force, and the displacement trajectory of the
rotor mass center. As shown in Figure 11a, the experimental and simulated temperatures
are compared over the same time span of 0–180 s. The experimental temperature increases
gradually after rotor drop and reaches a maximum value of 41.361 ◦C, followed by a slow
cooling stage. The simulated temperature rises more rapidly and reaches a maximum value
of 50.107 ◦C, after which it also decreases gradually.
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(a) (b) 

(c) (d) 

Figure 11. Experimental responses of the upper auxiliary bearing and rotor during the rotor-drop
test: (a) Comparison between the experimental and simulated outer-ring temperatures of the upper
auxiliary bearing; (b) Axial impact force acting on the upper auxiliary bearing; (c) Radial impact force
acting on the upper auxiliary bearing; (d) Displacement trajectory of the rotor mass center in the
X–Z plane.

Although the simulated peak temperature is higher than the experimental value, the
two curves exhibit a consistent overall trend, namely a temperature-rise stage followed
by a slow cooling stage. The difference between the experimental and simulated curves
can be attributed to the temperature measurement location, the heat-transfer path from
the bearing components to the sensor position, environmental heat dissipation, sensor
response delay, and the idealization of the thermal boundary conditions in the simulation
model. Therefore, the temperature comparison indicates that the proposed model can
reasonably predict the overall evolution trend of the outer-ring temperature during the
rotor-drop process.

Figure 11b, c show the measured axial and radial impact-force responses of the upper
auxiliary bearing. The impact-force signals exhibit pronounced transient and intermittent
characteristics during the rotor-drop process. The measured maximum axial impact force
is 3811.7 N, and the measured maximum radial impact force acting on the upper auxiliary
bearing is 11,146 N. Figure 11d presents the displacement trajectory of the rotor mass
center in the X–Z plane. The trajectory shows that the rotor motion evolves into a bounded
annular rubbing state after touchdown, which is consistent with the simulated radial
motion characteristics.
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To quantitatively validate the proposed model, the measured impact-force results
were compared with the corresponding simulation predictions, as summarized in Table 4.
The simulated maximum axial impact force is 3635.1 N, compared with the measured value
of 3811.7 N, giving a relative error of 4.63%. The simulated maximum radial impact force
of the upper auxiliary bearing is 12,863 N, compared with the measured value of 11,146 N,
corresponding to a relative error of 15.4%. These comparisons indicate that the model can
reasonably predict the main axial and radial impact-load responses during the rotor-drop
process. In addition, the temperature comparison in Figure 11a shows that the simulated
and experimental outer-ring temperatures exhibit a consistent overall trend over the same
time span of 0–180 s. Together with the measured displacement trajectory and post-test
damage observations, the experimental results provide direct support for the validity of
the dynamic–thermal model.

Table 4. Comparison between simulation and experiment.

Quantity Simulation Experiment Relative Error

Maximum axial impact force 3635.1 N 3811.7 N 4.63%
Maximum radial impact force 12,863 N 11,146 N 15.4%

Figure 12 presents the surface morphologies of the key components of the auxiliary
bearing after the drop test. Figure 12a shows the post-test surface morphology of the
outer-ring raceway of the auxiliary bearing. Distinct wear marks, local material adhesion,
and continuous thermal discoloration bands can be observed along the rolling contact
region of the outer-ring raceway, indicating that severe impact friction occurred between
the rolling elements and the outer-ring raceway after rotor drop. This observation is
generally consistent with the simulated distribution of wear and thermal discoloration on
the outer-ring raceway shown in Figure 4b.

Figure 12b–d show the post-test surface morphologies of the inner ring of the
auxiliary bearing. As shown in Figure 12b, extensive thermal discoloration appears
on the upper surface of the inner ring, accompanied by obvious surface scratches and
friction marks, indicating that this surface experienced severe friction and a significant
temperature rise during the rotor drop process. As shown in Figure 12c, the inner-
ring raceway exhibits significant thermal damage, with continuous rainbow-colored
oxidation bands, obvious scuffing, and local material spalling and adhesion observed in
some areas. As shown in Figure 12d, distinct banded wear marks and local darkened
areas are present on the inner surface of the inner ring after the test. This indicates that,
in addition to the raceway contact zone, the inner ring was also subjected to additional
friction caused by rotor tilting, eccentricity, and transient microslip during the drop
process. These observations agree well with the location of the high-temperature bands
and the temperature distribution pattern of the inner ring shown in the simulation results
in Figure 4c, indicating that the inner ring is the primary site of heat accumulation in the
auxiliary bearing under rotor drop conditions. The rainbow-coloured oxidation bands on
the inner-ring raceway provide qualitative evidence of local high-temperature oxidation,
supporting the simulated heat accumulation near the rotor–inner-ring contact region.
However, they were not used for exact temperature estimation because oxidation colour
is affected by surface condition, oxidation duration, atmosphere, lubricant residues, and
cooling history.
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Figure 12. Surface morphologies of the key components of the auxiliary bearing after the experiment:
(a) Outer-ring raceway of the auxiliary bearing; (b) Upper surface of the inner ring of the auxiliary
bearing; (c) Inner-ring raceway of the auxiliary bearing; (d) Inner surface of the inner ring of the
auxiliary bearing; (e) Surface of the rolling element of the auxiliary bearing.

As shown in Figure 12e, banded scuff marks and slight thermal discoloration appear
on the surface of the rolling elements, indicating that the rolling elements were subjected to
alternating contact loads between the inner and outer rings, together with sliding friction
and spin friction. Combined with the simulation results in Figure 4d, it can be inferred
that the overall temperature level of the rolling elements is higher than that of the outer
ring but lower than that of the inner ring, and that their local high-temperature regions
are mainly distributed at positions that frequently contact the raceways. This pattern is in
good agreement with the distribution of local wear and thermal discoloration observed on
the rolling-element surface in Figure 12e.

In summary, the experimental results provide both quantitative and qualitative sup-
port for the proposed model. The quantitative comparison of the axial and radial impact-
force peaks shows that the model can reasonably predict the main transient impact-load
response during rotor drop. In addition, the temperature comparison in Figure 11a demon-
strates that the simulated and experimental outer-ring temperatures exhibit a consistent
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overall evolution trend over the same time span of 0–180 s. The measured rotor mass-center
trajectory further supports the predicted radial rubbing behavior. Moreover, the post-test
thermal discoloration regions, wear locations, and damage severity are generally consistent
with the simulated high-temperature regions. These results demonstrate that the proposed
dynamic–thermal model can reasonably describe the main dynamic response and thermal
damage distribution of the auxiliary bearing during rotor drop.

5. Conclusions
This study focuses on rotor drop events induced by instability in a vertical magnetic

suspension system. Dynamic and thermodynamic models of the rotor–auxiliary bearing
system were established. Finite element simulations and rotor drop experiments were
then conducted to investigate the impact load, rotational speed response, and transient
temperature field evolution of the auxiliary bearing during the drop process. The main
conclusions are as follows:

1. During the rotor drop process, the rotor’s kinetic energy is rapidly converted into
thermal energy through contact impact and friction. As a result, the temperature
field of the auxiliary bearing exhibits a non-uniform distribution, with an overall
temperature gradient that decreases from the inner region to the outer region. Among
the bearing components, the inner ring is the primary region of heat accumulation,
with a maximum temperature of 169.59 ◦C. The rolling elements rank second, reaching
a maximum temperature of 154.66 ◦C, whereas the outer ring shows the lowest
temperature, with a maximum of 94.785 ◦C. These results indicate that the inner ring
and the rolling elements are the regions most susceptible to thermal damage in the
auxiliary bearing.

2. Under the vertical structural configuration, the rotor drop process exhibits pronounced
asymmetric contact characteristics due to the combined effects of gravity, rotor eccen-
tricity, and gyroscopic effects. Compared with the lower auxiliary bearing, the upper
auxiliary bearing comes into contact earlier and is subjected to higher impact loads
and greater frictional heat input. Consequently, it exhibits a faster temperature rise
and a higher overall temperature level, indicating that the upper auxiliary bearing is
the critical component most prone to thermal failure under rotor drop conditions in a
vertical magnetic suspension system.

3. The impact response of the auxiliary bearing during the rotor drop process exhibits
pronounced transient nonlinear characteristics. The axial impact force appears as
periodic impulsive pulses, with the first contact peak reaching 3635.1 N, approxi-
mately eight times the rotor weight, and then gradually decaying because of energy
dissipation induced by damping and friction. By contrast, the radial impact force
exhibits much more intense transient oscillations, with a peak significantly higher than
that of the axial impact force. For the upper auxiliary bearing, the maximum radial
impact force reaches 12,863 N, approximately 3.6 times the maximum axial impact
force, indicating that radial impact is the key dynamic factor affecting the structural
safety and service reliability of the auxiliary bearing.

4. The rotor drop is accompanied by coupled tilting, swinging, and whirling motions
rather than an ideal vertical descent, which governs the asynchronous speed-up and
asymmetric loading of the upper and lower auxiliary bearings. After contact, the
inner ring of the upper auxiliary bearing is rapidly accelerated by the rotor and
reaches approximately 19,000 r/min, close to the rotor speed, at about 0.05 s, gradually
entering a full-circumference rubbing state. In contrast, the inner ring of the lower
auxiliary bearing exhibits a pronounced start-up delay and slip.
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5. The experimental measurements provide quantitative support for the proposed model.
The measured maximum axial impact force is 3811.7 N, compared with the simulated
value of 3635.1 N, giving a relative error of 4.63%. The measured maximum radial
impact force acting on the upper auxiliary bearing is 11,146 N, compared with the
simulated value of 12,863 N, giving a relative error of 15.4%. In addition, the measured
displacement trajectory of the rotor mass center shows a bounded annular rubbing mo-
tion, which is consistent with the simulated radial motion characteristics. The post-test
thermal discoloration regions, wear locations, and damage severity are also generally
consistent with the simulated high-temperature regions and thermal damage distribu-
tion. These results indicate that the proposed model can reasonably capture the main
impact-load response, radial rubbing behavior, frictional heat-generation mechanism,
and thermal damage distribution of the auxiliary bearing during rotor drop.

6. From an engineering perspective, the upper auxiliary bearing should be regarded as
the priority component for thermal-shock-resistant design in vertical magnetic suspen-
sion systems. Because it is subjected to higher impact loads and greater frictional heat
input, materials or coatings with improved high-temperature resistance, scuffing resis-
tance, and low-friction characteristics should be preferentially used for the inner ring,
rolling elements, and rotor–inner-ring contact region. In addition, the heat-dissipation
path around the upper auxiliary bearing should be strengthened by improving the
thermal conductivity of the bearing housing, optimizing the heat-transfer bound-
ary, or introducing local cooling structures. Considering the asymmetric response of
the upper and lower auxiliary bearings, differentiated protection strategies are also
recommended, including stricter monitoring thresholds for the upper bearing and
separate optimization of the axial and radial protective clearances, support stiffness,
and damping parameters.
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Nomenclature

Symbol Description Symbol Description

A
Axial contact point between the touchdown pad and

Or Geometric center of the rotor
the inner ring

B Bearing width Oc Center of mass of the rotor
Ca Axial contact damping Pa Contact stress at the axial contact interface
Cr Radial contact damping P0 Equivalent static load of the bearing
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Symbol Description Symbol Description
C0 Basic static load rating of the bearing P1 Equivalent dynamic load of the bearing
D Bearing outer diameter Q Contact load

Dw Rolling element diameter Qi, Qo
Contact loads at the inner- and outer-ring
raceway contacts

d Bearing inner diameter R
Contact radius or equivalent radius used in the
rotational equations

dm Bearing pitch diameter Rb1 Radius of the inner surface of the inner ring
di Inner-raceway diameter Rb2 Radius of the inner-ring shoulder
de Outer-raceway diameter r Radial coordinate in the polar coordinate system

e
Contact-type-dependent exponent in the Hertzian

Ta Axial friction torque
contact model

Fa Axial impact force Tb Internal bearing friction torque

Fr Radial contact force
Tb1,
Tb2

Internal friction torques of the upper and lower
auxiliary bearings

Ft Tangential contact force, T0 No-load internal bearing torque

Ft1, Ft2
Tangential friction forces of the upper

T1 Load-dependent internal bearing torque
and lower auxiliary bearings

Ff Friction force vector at the radial contact interface v Kinematic viscosity of the lubricant
f 0 Coefficient related to bearing type and lubrication method vr Relative velocity at the radial contact interface
f 1 Coefficient related to bearing type and applied load wb Rolling angular velocity of the rolling element

H Frictional heat-generation rate wsi, wso
Spin angular velocities at the inner- and
outer-ring contacts

Hi, Ho
Frictional heat-generation rates at the inner- and

z Number of rolling elements
outer-ring contacts

Ha, Hr Heat generated by axial and radial impact friction z1 Empirical coefficient used in the calculation of f 1

Htotal Total frictional heat-generation rate of the auxiliary bearing α Rotor whirl angle
Ip Polar moment of inertia of the rotor

.
α Rotor whirl angular velocity

Ib Moment of inertia of the auxiliary bearing inner ring
.
θb Angular velocity of the auxiliary-bearing inner ring

Ka Axial contact stiffness ρ
Relative distance between Ob and Or, representing
the rotor motion radius in the horizontal plane

Kr Radial contact stiffness γ Spin angle of the rotor
M Total friction torque of the bearing

.
γ Spin angular velocity of the rotor

M0 No-load friction torque caused by lubricant resistance δa Axial impact depth
M1 Load-dependent friction torque δr Radial impact depth
Ms Spin friction torque µ Friction coefficient

Msi, Mso
Spin friction torques at the inner- and outer-ring

µs Static friction coefficient
raceway contacts

Mij, Moj
Friction torque assigned to the (j)-th rolling element

µd Kinetic friction coefficient
at the inner- and outer-ring contacts

n Bearing rotational speed Σ Complete elliptic integral of the second kind
Ob Geometric center of the auxiliary bearing
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